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Preface

This thesis report is the culmination of a little over a year worth of work for my master thesis project. I
started this project at a desk of the Ampelmann headquarters in Delft to research possible mass and efficiency
improvements in their hexapod systems. Although the project direction remained the same, Covid-19 changed
the location and with that the kind of interaction during such a project somewhat drastically. Performing a
graduation project largely from the confines of the four walls in my student room has had advantages but also
posed its unique challenges.

With that in mind, I would like to thank everyone who supported me in the last year and enabled me to complete
this project either by letting me pick their brain or providing a distraction in these strange times.

Most importantly I would like to thank my three supervisors, Ron van Ostayen, Henk Polinder and Alexander
Verweij for the many hours of video conferencing to discuss progress and the next steps of my research. Both
the practical engineering insights provided by Alexander and the academic smarts of Ron and Henk where of
large importance to this work.

I would also like to thank my family, and in particular my parents for their continuous support through my
somewhat tortuous study career and the different decision moments it brought with it. This work is the direct
result of the many conversations about aspirations to follow and fears to overcome.

Prefaces should not add a lot of extra reading to a report, so without further ado, I would like to present to
you, what should be, the report concluding my study career at the TU Delft.

Thomas Frateur
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Chapter 1

Introduction

1.1 Ampelmann
Ampelmann B.V. wants to make offshore crew access as easy as crossing the street. The Ampelmann A-
type motion compensation platform is a hexapod type platform developed to transfer personnel and light cargo
between a moving ship and a fixed offshore structure. Figure 1.1 shows such a system in action while transferring
personnel to an offshore platform. The Ampelmann A-type is capable of operating in sea states up to 3m Hs
while moving 20 personnel or 100kg of cargo in under 5 minutes.

Figure 1.1: Ampelmann A-type crew transfer gangway (Ampelmann Operations B.V.)

The hexapod platform A hexapod or steward platform is a three dimensional motion platform with 6
actuated degrees of freedom. The platform has six linear actuators mounted in a slanted triangular configuration
between a vessel fixed frame and a moving platform base. In the Ampelmann A-type, the hexapod is used to
compensate vessel motion and create a still standing platform with respect to a fixed structure. To be able to
operate in the conditions mentioned above, the hexapod linear actuators should each be capable of outputting
150kN at 1m s−1 over a stroke of 2m. The current A-type actuators are conventional linear hydraulic actuators
with a centralised hydraulic power unit (HPU) and cylinder mounted valve control. Hydraulic accumulators
are used as a buffer to store potential energy in the system.

Basic operation To compensate the wave induced motion of the vessel, hexapod actuators move in a largely
sinusoidal fashion. Upon start-up the hexapod actuators rest on their physical end stops. During operation,
actuators move sinusoidally to compensate motion of the vessel and keep the mounted platform still in the air.
At the end of the operation, the hexapod is moved back to its resting position in which all actuators rest on

6



their end stops. The position of the platform with respect to its moving reference frame is therefore exactly
the same at the start and end of the operation as is shown in Figure 1.2. As such, the work performed by the
platform or by each individual actuator is equal to zero for every given operational cycle. Using efficiency to
describe the actuator performance is therefore unsuited as the mean output power of the actuators is zero while
the mean input power determined by the system losses is larger than zero. A much better metric to describe
the actuator performance is the use of actuator energy consumption or mean power draw for a specific task.
The mean power draw of the actuator represent the losses in the actuator for this specific task.

X

Y

B

A

b’

a’

b’

a’

b’

a’

Before operation During operation After operation

X

Y

X

Y

Figure 1.2: Basic 2D representation of the Ampelmann hexapod platform operation.

1.2 Next-gen A-type platforms
For future A-type models, Ampelmann is looking to decrease the system mass and increase the system efficiency
of its platform. Increasing system efficiency is a general trend found in industry based on two main drives. An
important aspect in increasing efficiency is defined by environmental considerations; achieving more with less
environmental costly resources. Increased efficiency however also has a financial consequence as the lowered
energy usage decreases operating costs. Similarly, reducing system mass can impact operational costs directly,
especially in mobile applications such as the Ampelmann hexapod. The vessels carrying the Ampelmann
platforms are often away from the shore for longer periods of time. The lower the system mass footprint of the
Ampelmann hexapod, the more payload capacity of the vessel remains for cargo, hence increasing the economic
value of the vessel trip. Furthermore, the Ampelmann system is often mounted on a pedestal on the vessel deck
resulting in strict limits on the system mass for stability requirements.

Different strategies to minimize system mass and increase system efficiency can be thought of. Note that the
focus is on the motion platform and not on the connected bridge structure shown in Figure 1.1. A first option
would be to compare different kinematics for the motion platform on their mass and loss properties. The
hexapod however is a proven system at Ampelmann and should not be changed. The hexapod kinematics
are therefore used in the remainder of this report as a fixed setup. Another option would be to add gravity
compensation to the motion platform as mentioned in [129]. A spring like device or separate hydraulic column
could be installed along the actuators to compensate the gravitational force of the mounted platform. In theory
this would only require the actuators to deliver the acceleration forces of the platform. However, the gravity
loading of the hexapod actuators is far from constant due to the extending bridge mounted on the hexapod. As
the bridge rotates in the horizontal plane during operation, gravity loading changes drastically. The changing
gravity load makes balancing the motion platform difficult. The next step is looking at the actuator technology
used to drive the hexapod platform.

1.3 Next-gen actuator
Linear actuators are devices capable of converting electrical to linear mechanical energy. Often a rotary motor is
used to drive a rotary to linear hydraulic or mechanical transmission. Linear actuators in high power applications
are often dominated by conventional hydraulic technology. Conventional hydraulics are known for their high loss
factors with maximum system efficiencies ranging around 35% [100, 180]. In the aviation industry, a development
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called the more electric aircraft (MEA) found that electro hydrostatic actuators (EHA) and electro mechanical
actuators (EMA) both offer significant advantages on both system efficiency [22, 33, 128] and reduced actuator
mass [22, 41, 128, 163]. Both MEA incorporate decentralised actuator components in contrast to the conventional
hydraulic actuators which use centralised motors and pumps to deliver hydraulic power to different hydraulic
cylinders.
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Figure 1.3: Existing actuator studies in literature ranked on maximum output force and velocity (Appendix G).

Both EHA and EMA are driven by an electric rotary machine to convert electrical energy in rotary mechanical
energy. The EHA uses a hydrostatic transmission with a pump and hydraulic cylinder to obtain a linear force
and velocity. Similarly, the EMA uses an (optional) gearbox and a screw mechanism to obtain the same linear
force and velocity output. Both technologies have specific properties, however comparison between both options
are lacking in literature for high power applications. Figure 1.3 shows various actuator studies found in literature
ranked on their maximum output force and velocity. Existing literature is seen to exist on EMA and EHA for
power levels up to approximately 45kW. For higher power levels, existing research is lacking and no clear
benefits of one over the other technology are defined. To further the knowledge on the use of EHA and EMA
linear actuators for high power applications fundamental actuator scaling properties need to be defined.

In this report actuator models describing the mass and power losses for a given task are developed and combined
in a preliminary design tool for the EMA and EHA actuator. The use of a preliminary design tool ensures the
most optimal configurations of both actuator technologies can be compared on their respective mass and power
loss properties to find the optimal actuator technology for the Ampelmann A-type hexapod. While the focus
of this report is on the sea motion compensating steward platform actuator, actuator properties and power loss
models are applicable to a multitude of high power actuation applications. The focus on a specific actuator
application in this report is necessary as operating regimes determine the power loss behaviour of the actuator.

Actuator potential Especially with respect to the system energy use, the use of different actuator technolo-
gies in the Ampelmann hexapod application has high potential of improving performance. As stated before,
the typical operational cycle of the Ampelmann hexapod performs no net work. As such, the system is ideally
suited for energy regeneration implementations. Electric machines are known for their motoring and generating
capabilities or four quadrant operation. Four quadrant operation means the actuator can drive the load forward
and backwards in which case the force and velocity vectors point in the same direction. The actuator can also be
driven forward en backward by the load in which case the force and velocity vectors point in opposite directions.
When using a closed system such as the EMA and EHA described above, this four quadrant operation is also
feasible. Given the power loss in the actuator system is lower than the power applied to the actuator by the
load, the actuator can regenerate power from the load to electric power which can be stored. The potential of
a four quadrant capable actuator is illustrated with an example.
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Figure 1.4: Actuator driving and back driving example

Consider the simple application of lifting a gravity based load up and back down with the start and end point
at the exact same location as shown in Figure 1.4. The energy needed to lift the 1[N] load 1[m] up is equal to 1J
while the energy needed to lower the load back is −1J. No net energy is therefore needed to lift and lower the
load back down. When the load is driven by a 100% efficient four quadrant actuator, the energy to lift the load
is taken from the grid and the negative energy to lower the load is delivered back to the grid due to back driving
of the actuator. No net energy is therefore taken from the grid at the end of the operation. Unfortunately no
actuator is 100% efficient. When using a fixed efficiency of 80%, the energy taken from the grid to lift the load
is 1.25[J]. The connected load has the potential of delivering 1[J] back to the grid, however, only 80% of this
energy is delivered back to the grid. Hence the net energy delivered by the grid is 0.45[J] instead of zero. The
efficiency of the actuator is determined by power losses in the power path of the actuator due to for example
friction. When back driving the actuator, a situation can occur in which the power losses in the system are
higher than the instantaneous power delivered to the actuator by the load. In this case the actuator is self
locking, and positive power is needed from the actuator the facilitate lowering of the load. Actuators which
are always self locking are non back drivable actuators and can never work in generating mode. Self locking
actuators therefore pose higher requirements on the electrical grid connection.

1.4 Reading guide
To direct the reader to the relevant chapters corresponding to their interests and to facilitate an easy read, this
section described the structure of this report and highlights the relations between the different chapters.

The main content of this report is structured around three draft papers found in Chapters 3, 4 and 6. These
first two draft papers describe the development of the actuator models and the resulting general mass scaling
and power loss sensitivities for the EMA and EHA transmission respectively. The draft paper of Chapter 6
describes the modelling of a preliminary design tool for the EMA and EHA using the models described in
Chapters 3 and 4. A case study is performed on the Ampelmann actuator to identify the advantages of one
over the other actuator technology for this high power linear actuator application. All three draft papers can
be read separately without further information. For the reader interested only in modelling of EMA and EHA
actuator transmission mass and power losses or the preliminary design tool results, these chapters suffice.

For readers who are interested in the entire work, it is highly recommended to read the preceding literature
review to this report which can be found in Appendix G. Next, Chapter 2 starts with the general modelling
strategy required to determine the optimal actuator technology for the Ampelmann A-type. The need for the
models described in Chapters 3 and 4 is explained here. Chapter 3 and 4 discuss the model development of the
EMA and EHA transmission respectively and shows the sensitivities found in the mass and power loss properties
of these transmissions. Chapter 5 is added to detail the modelling of the servo motor driving both the EMA
and EHA transmissions. As models for the PMSM servo motor are readily available this chapter just describes
the use of these models to develop the overarching motor model. The reader interested in further developing
this work is also highly encouraged to read Appendix A and B for the equations behind the relations discussed
in Chapter 3 and 4 respectively. Chapter 6 combines the models described in Chapter 3, 4 and 5 to develop a
high power linear actuator preliminary design tool. The optimal actuator configurations found for a case study
on the Ampelmann A-type actuator are discussed and general actuator properties are described to develop a
general understanding of the differences between EMA and EHA actuators. Finally, Chapter 7 discusses the
results found in Chapter 6 with the specific Ampelmann A-type in mind to determine which actuator solution
is best suited for the next generation Ampelmann A-type hexapod platform.
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Chapter 2

Modelling strategy

Linear actuators convert electrical energy to linear mechanical energy to drive a load with a linear force and
velocity. Two critical properties of the linear actuator with respect to the Ampelmann hexapod application are
the actuator mass and the mean actuator power losses. Both the mass and power loss properties of the linear
actuator are highly dependant on design choices defining the actuator configuration. To be able to compare
different actuation technologies, a preliminary design tool capable of determining the mass and power losses of
optimized actuators is needed for the most promising actuator technologies.

In this report, the development of such a preliminary design tool is discussed for the technologies introduced
in Chapter 1. In this chapter, the general modelling approach is discussed and the different aspects of this
report are introduced. This chapter can therefore be seen as global explanation of the detailed content in the
remainder of this report.

First, the model scope in this report is detailed in Section 2.1. Next, the actuator technologies introduced in
Chapter 1 are explained in more detail in Section 2.2. Afterwards the global modelling approach to obtain a linear
actuator preliminary design tool is explained in Section 2.3. Finally, the actuator requirements corresponding
to the specific Ampelmann application, which is the focus of this report, are detailed in Section 2.5.

2.1 Model scope

Figure 2.1: Linear actuator modelling scope

An actuation system consists of numerous components with each their own functions and properties. In mod-
elling the actuator system, some clear boundaries are necessary to define the components under consideration
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and the peripheral components which are ignored. Figure 2.1 shows a schematic representation of a typical
electrical actuator system. The typical system consists of a load connected to the actual actuator. The actu-
ator is connected to a controller which controls the electrical power to and from the actuator. The controller
is connected to an electrical grid and to an electrical buffer. This buffer is used to dampen the peak power
requirements of the actuator on the electrical grid by storing the electrical potential energy coming from the
actuator in generating operation and releasing this energy to the actuator in motoring operation. The use of
an electrical buffer means the power requirements on the grid are equal to the mean power losses in the system
for a 0 net work task which is common for the Ampelmann platform.

In this report, only the actual actuator is considered, neglecting the load, controller, electric buffer and electric
grid. The effects of the load on the actuator are described by a task specific time series including the force,
velocity, acceleration and position of the actuator. The electric grid, buffer and controller of the system are
assumed 100% efficient. This means the mean power use of the actuator is defined as the sum of all power going
in and coming out of the actuator at the electrical actuator connections divided by the number of discretised
working points in the task time series. Also mass properties of all components outside the model scope are
neglected. Possible inertial forces on the actuator due to accelerations of its frame are not taken into account
either. The actual linear actuator is further discussed in Section 2.2.

2.2 Actuator description

Figure 2.2: General components of the MEA

General architecture To understand actuator properties, the working of the linear actuator should be
discussed first. For brevity the electro hydrostatic actuator (EHA) and electro mechanical actuator (EMA) can
be described as a single type of linear actuator called the more electric actuator (MEA) in line with the existing
naming convention in the aviation industry. The MEA has three major components which are visualized in
Figure 2.2. The electric servo motor (A) is a universal component which can be considered equal in both the
EHA and EMA. The servo motor is often implemented by a permanent magnet synchronous machine (PMSM)
capable of four quadrant operation [44, 96, 174]. Connected to the motor is a power convertor (B). This actuator
component is needed to convert the rotary mechanical power from the motor to a form which can be used by
the end effector (C) of the actuator. In the EMA, this convertor is found in the form of an (optional) reduction
gearbox reducing the motor speed and increasing the motor torque towards the end effector side. The EHA
uses a hydraulic pump to convert the rotary mechanical power to fluid power. The end effector (C) is the
actuator part which transfers the actuator power to the load. In the EMA the end effector is implemented as
a mechanical cylinder with a screw mechanism inside. The EHA makes use of a hydraulic cylinder to drive the
load. The simplified general operational principle of both actuators is given below.

EHA operation In the EHA, the servo motor drives the hydrostatic pump with a torque and speed. The
hydrostatic pump in its turn pumps fluid around in a closed loop system resulting in a volumetric flow and
pressure. This closed loop system consists of the A and B chamber of the hydraulic cylinder and the hydraulic
pipes connecting the pump to the hydraulic cylinder. Pumping hydraulic fluid from one cylinder chamber to
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the other creates a net force on the cylinder piston resulting in a linear force on the load. The volume flow in
the cylinder results in linear motion of the piston which is also transferred to the connected load.

EMA operation Similarly in the EMA, the servo motor drives a gearbox with a torque and speed. The
gearbox has helical gears inside to reduce the outgoing speed by a gear ratio factor. Ideally the outgoing torque
is increased by this same gear ratio. The gearbox drives a mechanical cylinder screw with the outgoing torque
and speed. The screw mechanism in the mechanical cylinder transfers the delivered torque and speed to a linear
force and velocity by a screw transmission ratio.

Actuator variations Both the EMA and EHA are general actuator technologies. Within the general actuator
technology, a multitude of variations are possible with respect to implementation of individual actuator parts.
Both EMA and EHA variations are often described by the implementation of a single actuator component. In
case of the EMA this component is the rotary to linear screw type transmission in the mechanical cylinder while
for the EHA, the implementation of the pump technology is often used. In this report, only a single variation
of both actuator technologies is detailed. These implementations are the planetary roller screw (PRS) and the
fixed pump variable motor (FPVM) for the EMA and EHA respectively. Both component implementations are
discuses below.

2.2.1 EMA mechanical cylinder

Cylinder housing PRSSmooth rodMounting eye

Gearbox gear

Figure 2.3: Mechanical cylinder architecture

The EMA mechanical cylinder substitutes the hydraulic cylinder of the EHA. The cylinder is a combination
of a screw mechanism and a protective housing. The general architecture of the mechanical cylinder is shown
in Figure 2.3. The cylinder housing ensures the screw mechanism is protected against lateral forces and the
outside environment. The actual power transmission is performed by the screw mechanism. This screw mech-
anism transfers rotary mechanical power to linear mechanical power. The screw mechanism in this report is
implemented by a planetary roller screw (PRS). Planetary roller screws are optimally suited for high load high
velocity applications [98, 162] and are known for their high efficiency [167]. Figure 2.4 shows the main parts of
the PRS. The screw is driven with a given speed and torque. The rotation of the screw results in rotation and
translation of the contacting rollers. The rollers in turn contact the rotationally fixed nut causing a translation
of the nut along the screw axis. The rollers effectively form a virtual thread between the screw and nut. The
numerous contact points between the screw, rollers and nut result in a high load rating. The virtual thread
created by the rollers decrease frictional losses significantly compared to the power screw and ball screw [167].
Additional gears and a gear-ring are added on the rollers and nut respectively to eliminate slip between both
components [167].
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Figure 2.4: Planetary roller screw components and interaction.

2.2.2 EHA hydrostatic pump
The EHA uses a hydrostatic or positive displacement pump to pump fluid between the cylinder chambers of
the hydraulic cylinder. Various implementations of the hydrostatic pump exist in literature. The axial and
radial piston pump are the most common implementations with only small differences in general properties. In
general the piston pump is widely accepted to be the most promising solution for high pressure systems such
as the EHA [92, 158]. Figure 2.5 [130] shows a cross section of a typical axial piston pump. The pump has
a rotating cylinder body and a stationary swash plate. The slippers on the swash plate force the pistons to
move in and out the cylinder body during rotation. As such, hydraulic fluid is pumped from the low to high
pressure side of the pump. Different control strategies exist for the hydrostatic piston pump, either the motor
speed changes or the swash plate angle is changed to control the flow of the pump. In this report the fixed
displacement pump option is used, meaning the swash plate angle is constant and the motor speed determines
the volumetric output. The alternative is called a variable displacement pump in which motor speed is constant
and the variable swash plate angle changes the volumetric output.

Figure 2.5: Axial piston pump main components [130].

2.3 General model strategy
Comparing the EMA and EHA for a specific application requires both the mass properties and the application
specific mean power use for each proposed actuator. Both properties can be modelled using analytical models
describing the sizing and power losses of the individual components of each actuator. Sizing models can de-
termine component masses based on the required material to withstand the loading on the component and to
house other components. Meanwhile, power loss models can determine working point efficiencies of each actu-
ator component by describing the fundamental force and velocity related loss terms in this component. Sizing

13



of the different actuator components influences the component power losses, as such the mass and power loss
properties of the actuator influence one another. Finding the optimal actuator configuration with the lowest
mass and highest efficiency is therefore an optimization problem. As the mass and power loss optimization ob-
jectives don’t necessarily result in the same actuator configurations, multiple optimized actuator configurations
for the same actuator requirements can be found. A good way to portray multiple optimized actuator solutions
is the use of a Pareto optimal front. Such a front portrays the most optimal actuator solution for different
objective weight factors. By creating these Pareto optimal fronts for both the EHA and EMA, the optimal
actuator configurations of both technologies can be determined and compared.

In this report, a preliminary design tool is developed to combine existing and newly developed actuator com-
ponent mass and power loss models with an optimization step. The preliminary design tool determines the
optimal actuator configurations with respect to a minimal actuator mass and minimal losses in a given task.
The optimized configurations of both the EMA and EHA can then be compared on these properties. Figure 2.6
shows the general modelling approach for this preliminary design tool.
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Figure 2.6: Actuator model approach.

To generate optimal actuator configurations for a specific application, actuator requirements describing the
maximum loading, velocity and lifetime are used as input together with a representative task time series of
the forces, velocities, accelerations and positions of the actuator. These inputs can be regarded as fixed input
parameters during the optimization process. The optimization parameters are the free variables in the actuator
design which describe the different actuator configurations. A list of used optimization parameters per actuator
type is found in table 2.1.

For each set of optimization parameters and the fixed actuator requirements, the different actuator components
are sized by a sizing model. The resulting sizing parameters and the discretized working points of the actuator
found in the task time series are then used to determine the losses in the system. Each run with different
optimization parameters therefore results in an actuator configuration with its own specific mass and task
specific energy use. Constraints on machine limits such as maximum motor speed and eigenfrequencies ensure
only feasible configurations are generated.

The actuator configurations where one objective can no longer decrease without increasing the other objective
form a pareto optimal front as shown with the blue dots in Figure 2.6. Actuator configurations on this front of
the EMA and EHA can be compared to determine the optimal actuator technology for a specific application.
The models portrayed by the boxes ’Actuator sizing model’ and ’Actuator loss model’ are described in Section
2.4.

Running the actuator model of Figure 2.6 for all possible optimization parameter combinations is very inefficient.
The optimization process is therefore performed by an optimization algorithm. The optimization algorithm used
in this study is the multi-objective feasibility enhanced particle swarm optimization (MOFEPSO) method [147].
The use of a particle swarm optimization method ensures non-continuous models can be used. Furthermore, by
first calculating constraints to evaluate feasibility, the number of function evaluations is decreased significantly.
The drawback of a non-gradient based optimization strategy is the optimized results are never guaranteed to
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Table 2.1: Optimization parameters of the EMA and EHA

EMA EHA
Symbol Description Symbol Description

ls Lead of the screw Ap Area of the cylinder piston
rr Radius of the rollers Vg Geometric volume of the pump
Ns Number of screw thread starts Np Number of pumps
Rg Gear ratio of the reduction gears

portray the absolute optimum. Results on the Pareto front are expected to show some variation depending on the
starting conditions of the simulation. As the results of this optimization are preliminary design configurations,
this is a reasonable trade of for a robust optimization algorithm.

2.4 Actuator modelling

The high power linear actuator preliminary design tool discussed in the previous section portrays the actuator
sizing model and actuator loss model as black box input output models. Here the modelling of these parts is
explained in more detail. To understand both sizing and loss calculations on the MEA, first the power relations
between various actuator parts should be known. The power relations are needed to understand losses in the
actuator and to define the sizing requirements of each actuator part, they are shown in Subsection 2.4.1. Mass
relations of the MEA are discussed in Subsection 2.4.2. The development of the sizing and power loss models
of the EMA and EHA are discussed in detail in Chapters 3 and 4 respectively.

2.4.1 Actuator power relations

The power relations of the actuator show how power is transferred trough the different actuator components.
Power is the product of a speed and force related term, as such ideally a transmission part can transfer power to
different speed to force ratio’s while keeping the power constant. In practice losses occur in the transfer of power
trough the actuator parts, effectively lowering the transferred power. The power relations between the three
actuator parts of the MEA are visualized in Figure 2.7 and 2.8 for the EMA and EHA respectively. Actuators
are sized according to requirements posed on the actuator load side. Similarly, input power is determined as a
function of load side power requirements. Information on the load side can be regarded as known and F , v and
v̇ can be deemed the input parameters of the actuator model.
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Figure 2.7: Power relations between EMA actuator parts.
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Above power relations can be described by equations. Linearised mathematical power relations for the EMA
are given as:
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Similarly, the linearised mathematical power relations for the EHA are given as:
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All coefficients Cxx related to the actuator velocity terms represent some type of transmission ratio linking
velocities of different actuator components. All force related coefficients represent the inverse of this transmission
ratio. Ideally, force and velocity transmission trough an actuator part is only influenced by the transmission
ratio which would result in a 100% efficient power transmission. In practice, the instantaneous power trough
the actuator part is influenced by inertia effects and by power losses in the system.

Power losses in the MEA are largely dominated by friction losses influencing the force related terms in the
transmission as is typical in a form closed system. Only in the hydrostatic pump of the EHA, volumetric losses
also impact the velocity related terms. Losses of the actuator are dependent on the working point of the actuator
part. Hence both force and velocity related parameters influence instantaneous loss magnitude of the actuator
part. As losses influence the working point of the upstream connected actuator part, losses at the end of the
power path have a large influence on the total instantaneous power needed by the actuator. The power path
is directed from the servo motor to the load in motoring operation and from the load to the servo motor in
generating operation.

The transmission ratio coefficients Cxx of the EMA and EHA transmission components can be found in Subsec-
tions 3.2.3 and 4.2.3 respectively. The different loss factors found in the power relations of the MEA actuator
are determined in Sections 3.4 and 4.4 for the EMA and EHA respectively. The same information is provided
for the electric servo motor in Section 5.2. Equations defining the parameters needed in the equations above
are boxed in for reference.

2.4.2 Actuator mass relations

Sizing of an actuator part influences losses of this actuator part but is also influenced by the losses of the
actuator parts upstream of the power path. Losses in downstream actuator parts increase the force requirements
on actuator parts upstream the positive power path. Sizing of actuator parts is mainly determined by the
maximum force requirements on the actuator. For axial loaded parts dimensions are determined by buckling
and yield requirements. Rotating parts have an additional requirement on shear strength while hydraulic parts
are also sized for pressure requirements. Total actuator mass is the sum of all actuator components masses.
A detailed description of general sizing rules for the actuator components is given in Sections 3.3 and 4.3 for
the EMA and EHA respectively. The same information is provided for the electric servo motor in Section 5.1.
Equations defining the parameters needed for the actuator mass are boxed in for reference.
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2.4.3 Constraints
Actuator configurations are often limited by more than the optimal mass and efficiency. An example of such limit
is the eigenfrequency of an actuator component. Driving the actuator close to or above the first eigenfrequency
of a component might result in a lower mass or higher actuator efficiency. In practice this will result in undesired
actuator behaviour which should be avoided. To ensure actuator configurations are bound within attainable
working conditions, several constraints are imposed on the possible actuator configurations. Constraints are
formulated in Sections 3.5 and 4.5 for the EMA and EHA respectively.

2.5 Actuator requirements
This report focusses on linear actuator technology for the Ampelmann A-type motion platform. This motion
platform is actuated by six high power linear actuators each capable of delivering a certain output force and
velocity. The requirements on the actuators of the Ampelmann A-type are shown in Table 2.2 for reference.
Determining the correct actuator requirements is an entire research question on its own, as such, actuator
requirements are taken as a given.

Table 2.2: Actuator requirements for the Ampelmann A-type motion platform

Requirement Value Explanation
Fmax 150[kN] Maximum linear output force of the actuator.
vmax 1[m s−1] Maximum linear output velocity of the actuator.
Pmax 150[kW] Maximum output power of the actuator.
Ls 2[m] Linear stroke length of the actuator.
L1m 100000[m] Minimal actuator design lifetime.
Uphase 270[V] Maximum phase voltage from the power grid.
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Chapter 3

Electro mechanical actuator, sizing and
loss model development 1

Abstract
Electro mechanical and electro hydrostatic linear actuators are often used for different actuation applications
up to 45 kW maximum output power. For applications requiring higher power output, the advantages of one
over the other technology become unclear. Existing research clearly shows benefits of both technologies over
conventional hydraulic actuation. This chapter describes the mathematical model development of the electro
mechanical actuator to enable comparison of this actuator technology for different actuator requirements and
applications.

3.1 Introduction

Figure 3.1: Ampelmann A-type crew transfer gangway
(Ampelmann Operations B.V.)

Linear actuators are devices capable of converting elec-
trical energy to linear mechanical energy. Often a
rotary motor is used to drive a rotary to linear hy-
draulic or mechanical transmission. Current develop-
ments in various technical fields concerning actuation
are focused in a large part on efficiency. Efficiency is
often important with respect to environmental consid-
erations; achieving more with less environmental costly

resources. Increased efficiency however also has a finan-
cial consequence by lowering operating costs. Similarly,
reducing actuator mass can impact operational costs
directly. Especially in mobile actuator applications ,
system mass footprint becomes an important factor in
the total payload capacity of the carrying vessel and
therefore on the productivity of the vessel trip.

This chapter focusses on linear actuation of hexapod
steward platforms which are capable of power output
with an order of magnitude of 105 Watt. An example
of such system is the Ampelmann A-type crew transfer
gangway shown in Figure 3.1. These systems use six
linear actuators to compensate vessel motion and cre-
ate a still standing platform from which offshore crew
can be transferred between the vessel and a fixed struc-
ture.

Linear actuators in high power applications are often
dominated by conventional hydraulic technology. Con-
ventional hydraulics are known for their high loss fac-
tors with maximum system efficiencies ranging around
35% [100, 180]. In the aviation industry, a develop-
ment called the more electric aircraft (MEA) found
that electro hydrostatic actuators (EHA) and electro
mechanical actuators (EMA) both offer significant ad-
vantages on both system efficiency [22, 33, 128] and
reduced actuator mass [22, 41, 128, 163].

Both EHA and EMA are driven by an electric rotary
1This chapter is based on the draft paper provided in Appendix F.1
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machine to convert electrical energy in rotary mechan-
ical energy. The EHA uses a hydrostatic transmission
with a pump and hydraulic cylinder to obtain a linear
force and velocity. Similarly, the EMA uses an (op-
tional) gearbox and a screw mechanism to obtain the
same linear force and velocity output. Both technolo-
gies have specific properties, however comparison be-
tween both options are lacking for high power applica-
tions. Figure 3.2 (Appendix G) shows various actuator
studies found in literature ranked on their maximum
output force and velocity. Literature is seen to exist on
EMA and EHA for power levels up to approximately
45kW. For higher power levels, existing research is
lacking and no clear benefits of one over the other tech-
nology are defined. To further the knowledge in the use
of EHA and EMA linear actuators for high power ap-
plications mathematical models describing scaling and
loss behaviour of these actuators are needed.
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Figure 3.2: Existing actuator studies in literature
ranked on maximum output force and velocity (Ap-
pendix G).

This chapter describes mathematical model develop-
ment of sizing and loss models of the EMA. The focus
of this chapter is on actuators for use in a sea mo-
tion compensating steward platform, however actua-
tor properties and efficiency models are applicable to
a multitude of high power actuation applications. The
focus on a specific actuator application is necessary as
operating regimes determine the power loss behaviour
of the actuator. The developed actuator models have
free variables which can later be used in an optimiza-
tion algorithm to find the best possible actuator for the
given requirements.

Reading guide To aid the reader in finding the con-
tents of their interest in this chapter, this reading guide
provides the general structure of the chapter. First,
to better understand the requirements on the model
developed in this chapter, Section 3.2 describes the
general electro mechanical actuator operation and the
overall model definitions. Next, Section 3.3 details the
model development of the major actuator components

with the resulting scaling relations and comparison of
modelled mass properties with catalogue data. Section
3.4 describes the development of the actuator power
loss models. The sensitivities of the component power
losses are determined with respect to the working point
of the actuator. The resulting sizing and power loss
trends are summarised in Section 3.6 along with im-
plementation options of this model in further research.

Several dimensionless figures are shown in this chap-
ter on a loglog scale to portray the different mass and
power loss sensitivities. Note that all shown logarith-
mic scales have base 10. The reader interested in the
detailed equations behind the relations discussed in
this chapter for possible model iterations are referred
to appendix A.

3.2 System description and
method

3.2.1 Actuator description

Figure 3.3: General components of the EMA

EMA parts To determine actuator properties, the
basic parts and operation of the electro mechanical
linear actuator should be discussed first. The EMA
has three major components which are visualized in
Figure 3.3. The electric servo motor (A) is often im-
plemented with a permanent magnet synchronous ma-
chine (PMSM) capable of four quadrant operation.
Connected to the motor is an (optional) reduction gear-
box (B) reducing the speed and increasing the torque
of the motor towards the end effector side. The end
effector (C) is the actuator part which transfers the ac-
tuator power to the load. The end effector consists of a
mechanical screw mechanism and a protective cylinder
housing. The actuator is capable of four quadrant op-
eration, meaning the actuator can be operated in the
motoring regime and can be back driven to operate in
generating mode. The simplified operational principle
of the EMA in motoring operation is described below.

EMA operation The EMA converts electrical en-
ergy to linear mechanical energy. The servo motor of
the EMA is connected trough a controller to an elec-
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trical grid. The voltage and the supplied current on
the motor poles are converted to a rotational veloc-
ity and torque of the outgoing motor axle. The motor
axle in its turn is connected to a reduction gearbox.
The reduction gearbox reduces the rotational velocity
while increasing the torque of the motor on the out-
going gearbox axle. Next, the gearbox output axle is
connected to the screw of a screw mechanism. The ro-
tational velocity and torque of the gearbox output shaft
is translated to a linear force and velocity of the screw
mechanism nut. Finally, the nut of the screw mecha-
nism is fixed to the load by a smooth rod. Figure 3.5
shows the various component various movements in the
actuator.

3.2.2 Component choices

The components of the EMA can be implemented
in different ways. The servo motor is often imple-
mented by a permanent magnet synchronous machine
[44, 96, 174]. This component has well known proper-
ties and is not further discussed in this chapter. The
mechanical cylinder has more implementation options.
The most common implementations are the conven-
tional power screw and the ball screw as active compo-
nent. In this study, the planetary roller screw (PRS) is
used as it is ideally suited for high velocities and heavy
load applications [98, 162]. The PRS is also very re-
sistant to shock loading [128] and has lower frictional
losses compared to the ball screw [167]. Finally, the
reduction gearbox is implemented as a single stage he-
lical gearbox. Helical gearboxes are well known in in-
dustry and are often used to reduce the speed output
of an electric motor. Later model iterations could look
at implementing multiple gear stages to optimize the
gearbox properties.

3.2.3 Modelling method
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Figure 3.4: Power relations between EMA actuator
parts.

To compare different actuator technologies, the mass
and loss properties of the actuator should be well de-
fined. To understand the models developed in this
chapter, first the power relations between various ac-
tuator parts should be explained. The basic power re-
lations between the three main actuator parts of the
EMA are visualized in Figure 3.4. Each component
acts as a transmission in the actuator power path with
its associated losses and its own mass properties. Ac-
tuator parts are sized according to requirements posed
on the actuator load side. Similarly, input power is
determined as a function of load side power require-
ments. Therefore information on the load side can be
regarded as known and F , v and v̇ can be deemed the
input parameters of the actuator model.

Power relations

For each transmission part shown in Figure 3.4, the
power relations can be modelled with an equation. In
general, power transmission is defined by a transmis-
sion ratio linking the velocity terms of the transmission
in- and output. The ideal force terms are related by the
inverse of this transmission ratio. In practical trans-
mission parts, the power relations are also influenced
by inertia effects and power losses. The linearised re-
lations of each EMA component are mathematically
described below:
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Cω 0
0 CT
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+
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(3.3)

Mechanical cylinder The mechanical cylinder con-
verts rotary to linear force and motion with a screw
type mechanism and is described by (3.1). The trans-
mission ratio Cω of the cylinder is defined by the lead
lt of the screw type mechanism inside as:

Cω =
2π

lt
[rad m−1] (3.4)

The force transmission CT is then defined as:
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CT =
lt
2π

[m rad−1] (3.5)

The total lead lt of the screw is determined as [107]:

lt = ls + p
rs
rr

[m] (3.6)

The parameters defining the total screw lead lt are de-
tailed in Subsection 3.3.2.

The various moving parts in the mechanical cylinder
cause mechanical friction and the corresponding power
losses. Figure 3.5 shows the moving interfaces in the
mechanical cylinder. Linear bearings in the cylinder re-
sult in a friction force which is described by Fcyl,loss in
(3.1). Similarly, the rotating components have an asso-
ciated friction torque due to rolling and sliding friction
which is captured by Tscrew,loss in (3.1). These friction
loss factors affect the required torque of the screw but
don’t influence the velocity terms of the transmission
directly. The power loss components of the mechanical
cylinder are detailed in Subsection 3.4.2.

Finally, the mechanical cylinder power loss relations
are affected by inertia effects of the rotating screw
mechanism and the linear acceleration of the moving
cylinder parts. Moving masses and the moment of in-
ertia of the mechanical cylinder are detailed in Subsec-
tion 3.3.2.

Mechanical cylinder
Gearbox

Servo motor

X

Z

Linear motion parts

Stationary parts

Rotating parts

Sliding contact

Rolling contact

Rolling and sliding contact

Figure 3.5: Moving interfaces in the EMA transmission

Gearbox The gearbox has a rotating in and output
side and is described by (3.2). The transmission of
the gearbox is defined by the gear ratio Rgear for the
velocity and force related terms as:

Ctω = Rgear[−] (3.7)

CtT =
1

Rgear
[−] (3.8)

The gear ratio in the gearbox is defined by the ratio of
the gearwheel diameters:

Rgear =
dg,1
dg,2

[−] (3.9)

Losses in the gearbox are all related to the rotating
parts in the gearbox. Figure 3.5 shows the rotating
interfaces of the gearbox. The major loss components
are found in the friction of the gear teeth faces and the
frictional moment of the bearings. The gearbox losses
are captured by Tgear,loss in (3.2). Again, the friction
forces affect the required torque on the gearbox input
side. The power loss components of the gearbox are
detailed in Subsection 3.4.3. The inertia effects in the
gearbox are defined by the combined moment of inertia
of the rotating gear pair. The moment of inertia of the
gear pair is determined in Subsection 3.3.3.

Servo motor The servo motor forms the transmis-
sion between the electrical and mechanical power do-
main. Servo motor transmission ratio’s and power
losses are well defined in literature [117, 127, 142] and
are not discussed further in this chapter. The power
relations of the servo motor are discussed in Chapter
5.

Losses in the EMA Losses of the actuator parts are
dependent on the working point of the actuator part.
Hence both force and velocity related parameters influ-
ence the loss magnitude of the actuator. The working
point information on the load side of the actuator is
taken as a given in this chapter. As losses influence
the working point of the upstream connected actuator
part, losses at the end of the power path have a large
influence on the total instantaneous power needed by
the actuator. The power path is directed from the servo
motor to the load in motoring operation and from the
load to the servo motor in generating operation (see
Figure 3.4). Next to the working point information of
the actuator, the loss magnitude in the different actu-
ator parts is also dependant on geometry related pa-
rameters which are defined in Section 3.3.

In general, the high power actuator applications under
consideration often operate at frequencies below 1[Hz].
As such, the system is dominated by high masses and
inertia’s while dynamic effects only start occurring at
much higher frequencies. In modelling the losses of the
system a quasi static approach is therefore a reasonable
simplification to reduce model complexity and calcula-
tion time. Losses in the EMA are modelled in Section
3.4 and 5.2. Equations defining the parameters needed
in Equations 3.1, 3.2 and 3.3 are boxed in for reference.

Sizing of the EMA

Sizing of an actuator part influences losses of this ac-
tuator part but is also influenced by the losses of the
connected actuator parts. Losses in the mechanical
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cylinder and gearbox for example should be compen-
sated by the servo motor, hence increasing the load
requirements on that actuator component. Sizing of
actuator components is mainly determined by the max-
imum load requirements on the component. For axial
loaded parts dimensions are determined by buckling
and yield requirements. Rotating parts have an addi-
tional requirement on shear strength. The maximum
load on the actuator is assumed a known parameter in
this chapter. Together with the transmission ratio’s de-
scribed above and the component efficiency, the max-
imum loading on each component can be determined
and sizing can be performed.

The main objective of sizing the different actuator com-
ponents is finding the mass of an arbitrary actuator
configuration. The mass of the EMA is simplified in
this report to consist of the masses of its main compo-
nents. Mounting hardware and additional peripherals
are ignored with this approach. The total EMA mass
with respect to the components shown in Figure 3.4 is
then determined as:

MEMA = M1 +M2 +M3 (3.10)

A detailed breakdown of the component sizing and
the different component masses is given in Section 3.3
and 5.1. Equations defining the parameters needed in
Equation 3.10 are boxed in for reference.

3.3 Sizing model development

Development of a mathematical sizing model of the
EMA is necessary for two main reasons; the sizing
model determines the total mass of the actuator and
defines the geometrical parameters needed in the actu-
ator loss models. Sizing is often based on the maximum
load requirements of the actuator. Next to the load re-
quirements, sizing is also influenced by free design vari-
ables which can later be used in an optimization step.
Sizing of the EMA transmission is split up in sizing
of the mechanical cylinder and sizing of the gearbox.
Sizing model development of these components is dis-
used separately for these components in Subsections
3.3.2 and 3.3.3. The symbols used in the component
sizing models are defined in Subsection 3.3.1. Material
properties are shown in Appendix D.

3.3.1 List of symbols

Symbol Explanation Unit
αs Helix angle of the PRS screw [rad]
β Contact angle of the PRS screw [rad]
ρst Density of steel kg m−3

as Axial shift between the screw and motor axle [m]
Creq Required dynamic load rating of the PRS [N]
dg,i Reference diameter of the pinion (i=1) and driven gear (i=2) [m]
Feq Cubic mean loading of the actuator [N]

fspacing Spacing factor of the PRS rollers [-]
hg Width of the helical gears [m]
hge Inside height of the gearbox enclosure [m]
Igears Total moment of inertia of the gear pair with respect to the screw acceleration [kg m2]
Ir,screw Total moment of inertia of the PRS rollers with respect to the screw acceleration [kg m2]
Is Moment of inertia of the PRS screw around its own axis [kg m2]
Lce Length of the cylinder enclosure (housing) [m]
Lcr Length of the smooth extending cylinder rod [m]
Ln Length of the PRS nut [m]
Lr Length of the PRS roller thread [m]
Ls Length of the PRS screw/ stroke length [m]
L10 L10 lifetime with 95% reliability [m]
lr Lead of the PRS roller [m]
ls Lead of the PRS screw [m]
lt Total (effective) lead of the PRS [m]

Mgear Total mass of the gearbox [kg]
mce Mass of the cylinder enclosure (housing) [kg]
mcr Mass of the smooth extending rod [kg]
mg,i Mass of the pinion (i=1) and driven gear (i=2) [kg]
mgears Mass of the gear pair [kg]
mge Mass of the gearbox enclosure [kg]
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moil Mass of the gearbox oil [kg]
mn Mass of the PRS nut [kg]
mr Combined mass of the PRS rollers [kg]
ms Mass of the PRS screw [kg]

Nrollers Number of rollers in the PRS mechanism [-]
Oge Circumference of the gearbox enclosure [m]
ps Pitch of the PRS screw [m]
Rel Effective length ratio of the PRS roller [-]
Rgear Gear ratio [-]
rce,in Inside radius of the cylinder enclosure (housing) [m]
rce,out Outside radius of the cylinder enclosure (housing) [m]
rcr,in Inside radius of the smooth extending rod [m]
rcr,out Outside radius of the smooth extending rod [m]
rge,i Outside radius of the gearbox around pinion (i=1) and driven gear (i=2) [m]
rn Pitch radius of the PRS nut [m]

rn,out Outside radius of the PRS nut [m]
rr Pitch radius of the PRS roller [m]
rs Pitch radius of the PRS [m]
Sge Spacing between gears and gearbox wall [m]
tce Material thickness of the cylinder enclosure (housing) [m]
tge Material thickness of the gearbox enclosure [m]
tn Simplified material thickness of the PRS nut [m]
Vce Volume of the cylinder enclosure [m3]
Vcr Volume of the cylinder rod [m3]
Vg,i Volume of the pinion (i=1) and driven gear (i=2) [m3]
Vge Volume of the gearbox enclosure [m3]
Vge,oil Volume of the oil inside the gearbox [m3]
Vn Volume of the PRS nut [m3]
Vr Volume of the PRS rollers combined [m3]
Vs Volume of the PRS screw [m3]
Z Total number of contact points in the PRS mechanism [-]
Zr Number of contact points per PRS roller [-]

3.3.2 Sizing of the mechanical cylinder

Figure 3.6: Mechanical cylinder architecture.

The mechanical cylinder is the end effector of the EMA.
From the outside the mechanical cylinder resembles
the hydraulic cylinder as it has a smooth extending
cylinder rod and a cylinder housing as shown in Figure
3.6. The active part of the mechanical cylinder is how-
ever a mechanical planetary roller screw mechanism
as discussed in Section 3.2. As stated above, sizing is
mainly determined by the load requirements on the ac-
tuator. The mechanical cylinder is mainly loaded by
axial forces when a swivelled connection to a frame and
the load are assumed. The load bearing components
are the smooth extending rod and the planetary roller

screw components. The cylinder housing is only loaded
by the bearing contact forces found in the linear guide
bearings of the smooth rod. Maximum load require-
ments on the mechanical cylinder are defined by the
maximum design force of the actuator in the fully ex-
tended position. Geometrical sizing according to this
load requirement to determine the masses of the me-
chanical cylinder components is discussed below. First
the active screw mechanism is dimensioned after which
the enclosure components are sized around the active
components.

Screw sizing

The screw of the PRS determines in part the transmis-
sion ratio of the mechanism and the load rating of the
mechanical cylinder. Figure 3.7 shows the screw with
its main dimensions and the relevant peripherals. Note
that the bearings and coupling block are drawn for ref-
erence only. Mass properties of these components are
neglected in this model. The lead of the screw and the
number of thread starts are free optimization parame-
ters, other properties are determined below. Note that
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the lead of the screw ls and number of thread starts
Ns are related to the screw pitch ps shown in Figure
3.7 by:

ls = psNs (3.11)

Figure 3.7: Planetary roller screw - screw sizing pa-
rameters.

Load sizing The screw shaft is the main load bear-
ing active component in the mechanical cylinder. The
axial load described above could result in buckling or
yield failure. Meanwhile, as the screw translates rota-
tional torque and velocity to linear force and motion,
also shear is an important failure mode. The screw
shaft radius can be dimensioned according to these re-
quirements with the following assumptions:

• The screw is made from a solid shaft.

• The screw can be approximated by a solid smooth
shaft with outer radius r equal to the minor ra-
dius of the screw for strength calculations (see
Figure 3.8).

• The pitch radius is assumed to be 10% larger
than the minor radius of the screw (see Figure
3.8).

The equations describing the minimum buckling, yield
and shear radii of the screw are given in Appendix A.1.
A fixed minimal fabrication radius is added to the siz-
ing requirement to cap the screw radius lower bound
in low load applications. The relations for the different
radius requirements are found as ryield = 2.71e−5F 1/2,
rshear = 8.1e−4F 1/3l

1/3
s , rbuckling = 8.27e−4F 1/4L

1/2
s

and rfabriction = 3.5e−3. The final minor radius of the
screw can then be determined by taking the maximum
value from all the different requirements as:

rmin = max([rbuckling, ryield, rshear,

rfabrication])[m] (3.12)

In accordance with the assumptions stated above, the
actual pitch radius is then defined as:

rs = 1.1rmin (3.13)

Following above sizing criteria, the radius of the screw
should be independent of the load rating (fabrication
requirement) for low load ratings and proportional
to either rs ∝ F 1/2 (yield), rs ∝ F 1/3 (shear) or
rs ∝ F 1/4 (Buckling).

Figure 3.8: Schematic representation of an arbitrary
screw with a single thread start.

The volume and mass of the screw is then determined
in line with the assumptions stated above as:

Vs = r2
sπLs[m

3] (3.14)

ms = Vsρst[kg] (3.15)

With rhost equal to the density of steel. Similarly, the
screw moment of inertia is determined as:

Is = 0.5msr
2
s [kg m2] (3.16)

Using the radius proportionality defined above and as-
suming yield strength as the critical sizing criterium,
the mass of the screw should scale as:

ms ∝ F (3.17)

similarly, the moment of inertia of the screw should
scale with the load rating as:

Is ∝ F 2 (3.18)

The modelled mass properties of the PRS screw can be
compared to catalogue data of existing screws. Both
the screw mass and moment of inertia for different
screw load ratings is shown in Figure 3.9 and 3.10 re-
spectively. The screw mass model underestimates the
screw mass on average by 8% with a standard devia-
tion of ±12.8%. The moment of inertia is underesti-
mated on average by 13.4% with a standard deviation
of ±25.3%. The larger deviations and spread are ex-
plained by the higher order scaling of the moment of
inertia.
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Figure 3.9: Mass per unit length of the PRS screw
(loglog)
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Figure 3.10: Moment of inertia per unit length of the
PRS screw (loglog)

The yield criteria on the screw radius is clearly dom-
inant in sizing the screw. Only at load ratings past
2000kN the trend line changes to the buckling criteria
relations due to the longer stroke length of these screws
in the catalogue data. Deviations from the trend line
are due to changes in different parameters to match the
catalogue specifications.

Screw properties Except for the mass properties of
the screw, some geometrical parameters are needed for
later power loss calculations. First, the helix angle of
the screw αs describing the angle of the screw thread
is calculated according to Equation 3.19[167]:

αs = tan−1

(
ls

2πrs

)
(3.19)

The final parameter describing the screw thread is the
contact angle of the thread. The contact angle de-
pends on the exact geometry of the threads, however
most commonly screws are designed to have a contact

angle of β = 45 deg. Figure 3.8 shows both angles in a
schematic representation.

Roller sizing

Figure 3.11: Planetary roller screw - roller sizing pa-
rameters.

The rollers in the PRS determine the dynamic load rat-
ing and transmission ratio of the mechanism. As such,
sizing the rollers is an important step in designing a
roller screw. Figure 3.11 shows a single roller with its
main sizing parameters. The radius of the roller rr is
a free design variable, other properties are determined
below.

Roller properties First, the basic properties of the
thread on the rollers is determined. The thread of the
rollers is characterised by a pitch radius rr and a lead
lr. The radius is a free variable, however the lead of the
roller is imposed by the lead and radius of the screw.
The imposed lead of the roller is given in [167] by:

lr =
ls

rs
rr

+ 2
[m] (3.20)

To properly size the rollers, the necessary dynamic load
rating of the screw should be determined. The dynamic
load rating C of the screw is dependent on the lifetime
requirements as is evident when looking at the L10 life-
time model for ball bearings [109]. Using a factor to
scale the L10 lifetime to a reliability of 99% found in
[98, 153] and rewriting the lifetime equation for the
dynamic load rating, the required load rating Creq is
determined as:

Creq = 3

√
0.21L1010−6

0.21lt
Feq[N] (3.21)

The dynamic load rating C of the PRS is determined
by the amount of contact points between the screw,
rollers and nut. [98] developed a model describing the
PRS dynamic load rating based on a model for the ball
screw. Rewriting this equation for the total number of
contact points yield:

Z =

(
Creq

fc cos0.86 βD1.8
r tanβ cos1/3 αs

)3/2

(3.22)
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Here fc is a geometry coefficient set equal to
74.87[kg s−2] in [185], Dr is the pitch diameter of the
roller in [mm].

rr fspacing

rr

rs

δ  

Screw

Roller

Figure 3.12: Schematic representation of the geometri-
cal relation between the screw and rollers of the PRS.

The number of contact points is dependant on the num-
ber of rollers. The number of rollers is limited by the
PRS geometry. Figure 3.12 shows a schematic repre-
sentation of the screw and rollers. The minimum angle
between two subsequent rollers δ is mathematically de-
scribed by:

δ = 2 sin−1

(
rrfspacing
rs + rr

)
(3.23)

Here fspacing is a spacing factor between two subse-
quent rollers. The factor is expressed as a percentage
of the roller diameter. The spacing factor is fixed to
105% as to give a spacing of 5% of the roller radius
between the pitch radii of two subsequent rollers. The
maximum amount of rollers in the PRS mechanism is
then determined by:

Nrollers = floor

(
2π

δ

)
(3.24)

The floor function ensures the number of rollers is
rounded down to an integer number. The amount of
contact points per roller are then determined as:

Zr = ceil

(
Z

Nrollers

)
(3.25)

For each full helix turn of the roller, a single contact
point/line with the screw exists. The required effective
length of the rollers is therefore defined as:

Lr = lrZr[m] (3.26)

Roller mass properties The mass and moment of
inertia of the rollers is dependant on the roller proper-
ties. The volume of the combined rollers is determined
as:

Vr = NrollersLrRelr
2
rπ[m3] (3.27)

Here Rel is the effective length ratio which is used to
account for extra length of the roller for non modelled
roller features. The effective length ratio is chosen as
Rel = 1.1. The mass of the combined rollers is then
defined as:

mr = Vrρst[kg] (3.28)

Figure 3.13: Roller motion around the screw and roller
axis.

The moment of inertia definition of the rollers is
slightly more complicated. The rollers have two axis of
rotation, the roller individual centreline and the centre-
line of the screw as is seen in Figure 3.13. The moment
of inertia of the rollers around their own axis is deter-
mined similarly to the moment of inertia of the screw
as:

Ir,own = 0.5mrr
2
r [kg m2] (3.29)

The moment of inertia of the rollers around the remote
centre of rotation can be determined by representing
the rollers as a point mass with a distance rr,remote to
the rotation axis equal to rr,remote = rs + rr. The mo-
ment of inertia of the rollers around the screw axis is
then given by:

Ir,remote = mrr
2
r,remote[kg m2] (3.30)
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The total moment of inertia of the rollers with respect
to the rotational acceleration of the screw can be de-
termined by using the reduction ratios of a planetary

roller gear. The total moment of inertia of the rollers
is then given as:

Ir,screw = Ir,own
rs/rr

2 (1 + rs/rr)
+ Ir,remote

rs (rn − rr)
2 (r2

r + rrrs)
[kg m2] (3.31)

The modelled roller inertia can be checked with cata-
logue data from [149]. Figure 3.14 shows the catalogue
data next to the modelled output and the roller scal-
ing law developed by [106]. The model data underes-
timates the roller inertia on average by 10% but with
a standard deviation of ±55.7%. Apart from the high
order scaling of the moment of inertia this data could
also indicate the assumption of the number of rollers
and the resulting roller length is a crude approxima-
tion.
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Figure 3.14: Moment of inertia of the PRS rollers
(loglog)

Figure 3.15: Planetary roller screw - nut sizing

Nut sizing

The final major component of the PRS is the nut. The
nut is the translating part of the linear EMA. As the
nut only translates, only the mass of the part should
be determined. As the thread properties of the nut are
completely defined by the screw and roller properties,
nut properties are not needed in later loss calculations.
A schematic representation of the nut is given in Figure
3.15.

Nut mass properties Dimensions of the nut follow
from the geometry of the screw and rollers. The inside
diameter should be capable of housing the screw and
roller diameters. Similarly, the length of the nut should
cover the length of the rollers. The length and internal
pitch radius of the nut are defined as:

Ln = LrRel[m] (3.32)

rn = rs + (2rr)[m] (3.33)

The outside radius of the nut is determined by the nut
pitch radius and the material thickness. Material thick-
ness of the nut is assumed to equal 2

3 th the screw ra-
dius:

rn,out = rn + tn[m] (3.34)

The volume of the nut and its respective mass are de-
termined according to:

Vn =
(
r2
n,out − r2

n

)
πLn[m3] (3.35)

mn = Vnρst[kg] (3.36)

Figure 3.16 shows the modelled mass of the nut roller
combination next to catalogue data from [149] and a
scaling law from [106]. The model data overestimates
the mass on average by 5%, however a standard devi-
ation of ±76% is found.
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Figure 3.16: Mass of the PRS nut and rollers (loglog)

The spread of the modelled nut mass is significantly
higher compared to the modelled mass of the screw.
The large spread is partly due to the sizing of the
rollers, however the nut material thickness assumption
is a more important factor. Development of a physics
based sizing model of the PRS nut could improve these
results in future work.

Extending rod sizing

Figure 3.17: Mechanical cylinder - Smooth rod sizing

The smooth extending rod is fixed to the nut of the
PRS and is able to move up and down with the mo-
tion of the actuator. It provides a smooth bearing and
sealing surface for the linear bearings in the cylinder
housing. Figure 3.17 shows the smooth extending rod
with its peripherals and main sizing parameters.

Rod load sizing The cylinder rod is loaded with
the same axial load as the PRS screw. Load sizing
hence depends on the same buckling, yield and fabri-
cation requirements as those used with the PRS screw.
As the cylinder rod is a hollow tube, both inside and
outside radii should be determined. The inside radius
of the rod is equal to the outside radius of the nut
rcr,in = rn,out. The outside radius is thus free to scale
with above requirements. Buckling and yield calcula-
tions are shown in Appendix A.2 and can be approxi-
mated as:

rcr,out,buckling =
(
2.5e−13FLcr + r4

cr,in

)1/4 (3.37)

rcr,out,yield =
(
7.3e−10F + r2

cr,in

)1/2 (3.38)

The length of the rod is assumed to equal the length
of the screw Lcr = Ls. The minimum outside radius of
the smooth extending rod rcr,out is given by the max-
imum value of the buckling, yield and a fabrication
requirement of 4[mm] thickness. The volume and mass
of the smooth extending rod are then given as:

Vcr =
(
r2
cr,out − r2

cr,in

)
πLcr[m

3] (3.39)
mcr = Vcrρst[kg] (3.40)

By assuming the yield requirement on the cylinder rod
outside diameter is leading as is the case for the PRS
screw, the mass of the rod should behave according to:

mcr ∝ F (3.41)

Figure 3.18 shows the modelled mass of the cylinder
rod together with the expected scaling trend. At high
load ratings, the yield sizing trend is followed exactly.
However, at lower load ratings, the trend line is domi-
nated by the fixed minimal material thickness defined
by the fabrication requirement discussed above. A rod
length of 2[m] is assumed in this figure.
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Figure 3.18: Mass of the cylinder rod (loglog)

Cylinder housing

Figure 3.19: Mechanical cylinder - Cylinder housing
sizing

The actual cylinder housing is largely a stationary part
forming the interface between the fixed world and the
PRS components, gearbox and motor. The cylinder
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housing in its most basic form is a hollow cylinder as
seen in figure 3.19. Its main dimensions are determined
below. Note that the cylinder housing is only modelled
to find the approximate additional mass to the actua-
tor.

Housing mass properties Similar to the cylinder
rod, the inside radius of the cylinder is defined by
the outside radius of the smooth extending rod as
rce,in = rcr,out. Also the thickness of the cylinder hous-
ing is simplified to equal the thickness of the smooth
extending cylinder as tce = tcr. The outside radius of
the cylinder housing is then determined according to
rce,out = rce,in + tce. Finally the length of the cylinder
enclosure is assumed to be 5% longer than the length of
the smooth cylinder rod as Lce = 1.05Lcr to account
for bearing length. By assuming a single side closed
cylinder, the volume and mass of the cylinder housing
are defined as:

Vce =
((
r2
ce,out − r2

ce,in

)
πLce

)
+
(
r2
ce,outπtce

)
[m3]
(3.42)

mce = Vceρst[kg] (3.43)

The wall thickness dependency on the cylinder rod
properties results in similar mass properties of the
cylinder housing compared to those of the cylinder rod.

Mechanical cylinder mass properties

The total mass properties of the mechanical cylinder
are the sum of the individual component mass proper-
ties. The total mechanical cylinder mass M3 used in
(3.10) is therefore given as:

M3 = ms +mr +mn +mcr +mce (3.44)

Similarly, the moving mass of the mechanical cylinder
M3,m as used in (3.1) is defined as:

M3,m = mr +mn +mcr (3.45)

The moment inertia of the mechanical cylinder I3 as
used in (3.1) is defined only by the rolling components
and therefore equal to the sum of (3.16) and (3.31) as:

I3 = Is + Ir,screw (3.46)

3.3.3 Sizing of the gearbox
The gearbox is used between the mechanical cylinder
and the electric motor to reduce the torque on the mo-
tor side and decrease the rotational velocity to the sys-
tem. The gearbox is implemented as a single stage he-
lical reduction gearbox with parallel input and output
shafts. The gearbox has two main components: the

actual gear pair with their corresponding axles and the
gear housing. The gear pair is the load bearing compo-
nent of the gearbox. This components sizes based on
the gear ratio optimization parameter and the rated
torque of the actuator. The gearbox enclosure scales
to fit the load sized gear pair. Sizing models of both
components are discussed separately below.

Gear pair sizing

Figure 3.20: Helical gear pair dimensions and names.

The gear pair consists of two meshing helical gears par-
allel to each other. The gears in the gearbox are called
the pinion (1) and driven gear (2) as seen in Figure
3.20. The gear ratio is the main property of the gear-
box and is defined by:

Rgear =
dg,1
dg,2

(3.47)

The gear ratio therefore is defined as the ratio between
the pitch diameters of both gears. The actual gear di-
ameters are defined by the axial spacing of both gear
axles. As the gearbox only uses a single stage, the dis-
tance between the centres of both gears should remain
constant for a similarly sized actuator. To simplify the
sizing model, this distance is fixed to as = 0.2[m]. As
the diameter of the gears is defined by non load depen-
dant properties, load sizing of the gears only influences
the height of the gears.

Gear load sizing Load sizing of a component al-
ways is determined by stress in the component mate-
rial. Gears transmit mechanical power in the form of
a torque and rotational motion. Torque on the pin-
ion and driven gear is different, however the tangential
force on the gear teeth faces as a result of the trans-
mitted torque is equal in both gears. The stress in the
gear teeth material is defined by the division of this
tangential force by the cross sectional area of the gear
teeth. As the cross sectional area of the gear teeth is
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linearly related to the height of the gear and the tan-
gential force is linearly related to the torque, the gear
height is expected to scale according to:

hg ∝ Tmax (3.48)

[162] details the load sizing equation for helical gears
in detail. The necessary equations are repeated in Ap-
pendix A.3 and can be approximated with:

hg = 2.31e−6Tmax

(
1 +

3

Rgear
+

3

R2
gear

+
1

R3
gear

)
(3.49)

Gear mass properties To determine the mass of
the gears, the gears are assumed to be solid disks with
outside diameter equal to the pitch diameter of the
gears. A hole in the centre is left out where the axle
of the gears is placed. The axle size for both gears is
set equal to the radius of the PRS screw. To account
for mass savings in the gear design, the final mass will
be taken as 50% of the mass of the solid disks. The
solid disk volumes of both the pinion and driven gear
are determined according to:

Vg,i = πhg

((
dg,i
2

)2

− πr2
s

)
[m3] (3.50)

Here i refers to the number of the gear as shown in
Figure 3.20. The corresponding masses of both gears
are determined from:

mgi = Vg,iρst[kg] (3.51)

The total mass of both gears combined compensated
for weight savings is defined by:

mgears = 0.5 (mg,1 +mg,2) [kg] (3.52)

The moment of inertia of the gears is determined next.
The moment of inertia of both gears is first determined
around their individual axis. The mass reduction of the
gears is implemented as negative point masses on 2/3th
of the gear radius as can be seen in Figure 3.20. The
moment of inertia of each individual gear is determined
from:

Ig,i =
1

2

((
dg,i
2

)2

+ r2
s

)
− 0.5mg,i

(
dg,i
3

)2

[kg m2]

(3.53)

As only the gear height sizes with the load, the mass
of the gear pair is expected to scale with:

mgears ∝ Tmax (3.54)

Similarly, as the radius of the gears is not load de-
pendant, the mass moment of inertia of the gears is
expected to scale according to:

Ig ∝ Tmax (3.55)

The modelled moment of inertia of the gear pair is
compared to catalogue data in Figure 3.23.

Gearbox enclosure

Figure 3.21: Gearbox housing with its main dimensions

The gear housing encloses the helical gears and con-
tains the lubrication agent of the gears and bearings.
The housing also forms the interface with the motor
housing and the mechanical cylinder. The gearbox is
only sized to find the approximate mass of the actu-
ator, as such the geometry is heavily simplified. The
overall architecture and dimensions of the gear housing
are shown in figure 3.21.

Sizing assumptions To determine the mass of the
gearbox, some assumptions are made to simplify the
gear housing design. First, the gear housing internal
dimensions are assumed to be determined by a fixed
spacing distance sge = 2[cm] and the dimensions of
the actual gear pair. Second, the thickness of the gear
housing should be proportional to a maximum loading
parameter. Here we assume the gear housing material
thickness is proportional to the maximum tangential
force on the gear teeth. Loading induces a stress in
the enclosure material, the enclosure thickness should
scale to keep the maximum stress in the enclosure con-
stant with different load ratings. The proportionality
is therefore given as:

tge ∝
√
Fmax (3.56)
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This relation is valid assuming the second dimension
determining the cross sectional area of the enclosure is
proportional to the loading factor is the same way. The
scaling parameter is determined as 2.8e−4[m/N1/2]
based on a fit to existing gearbox data. The result-
ing outside radius of the gearbox around both gears is
determined according to:

rge,i =
dg,i
2

+ sge + tge[m] (3.57)

Enclosure mass properties The area of the top
and bottom of the gearbox enclosure as seen in Figure
3.21 is calculated according to:

Age,tb =

(
r2
ge,1 + r2

ge,2

)
π

2
+ 2asmin([rge,1, rge,2])

+ as |rge,1 − rge,2| [m2] (3.58)

The resulting combined volume of the top and bottom
slabs is defined by:

Vge,tb = 2Age,tbtge[m
3] (3.59)

The volume of the gear housing side walls is deter-
mined by assuming a thin walled structure. As such,
the mean circumference is approximately equal to the
outside circumference. The outside circumference of
the gear housing is determined by:

oge = π (rge,1 + rge,2) + 2

√
a2
s + |rge,1 − rge,2|2[m]

(3.60)

Finally, the height of the gearbox is determined. The
inside height of the gearbox is determined by the height
of the gears and the spacing factor Sge as:

hge = hg + 2sge[m] (3.61)

The volume of the gear housing side walls is then de-
termined by:

Vge,s = hgeogetge[m
3] (3.62)

Adding the top, bottom and side volumes, the total
gearbox enclosure material volume can be determined
as:

Vge = Vge,tb + Vge,s[m
3] (3.63)

Holes in the housing are not taken into account as the
removed material mass in these holes would be gained
back in the bearing supports and other features. The
resulting mass of the gearbox is calculated as:

mge = Vgeρst[kg] (3.64)

According to above relation, mass of the enclosure is
expected to scale proportional to the rated torque with:

mge ∝ T 1/2
max (3.65)

Gearbox mass properties

The major component mass properties of the gearbox
are determined above. Here the component mass prop-
erties are added to obtain the total gearbox mass prop-
erties. A final component influencing the gearbox mass
not discussed before is the oil held in the gearbox en-
closure for lubrication of the gears and bearings.

The mass of the gearbox oil is determined based on the
free volume inside the gearbox enclosure. The internal
free volume is approximated by subtracting the volume
of the gears from the internal volume of the enclosure.
The total oil volume is taken as 1/3th the free volume:

Vge,oil =
1

3

(
ogehge −

2∑
i=1

Vg,i

)
[m3] (3.66)

The resulting oil mass is determined from:

moil = Vge,oilρgoil[kg] (3.67)

With the three major component masses determined,
the total mass of the gearbox M2 as used in (3.10) can
be defined as:

M2 = mgears +mge +moil[kg] (3.68)

The total moment of inertia is only affected by the gear
pair moment of inertia as the effect of bearings is as-
sumed to be negligible. Therefore the total moment of
inertia of the gearbox I2 as used in (3.2) with respect
to the screw side acceleration is given as:

I2 = Ig,1Rgear + Ig,2[kg m2] (3.69)

The mass of the gearbox is expected to scale according
to the enclosure trends defined above for low torque
ratings. For higher torque ratings the mass of the gear
pair is expected to become dominant.

The modelled mass of the gearbox can be compared to
catalogue data from [124]. Figure 3.22 and 3.23 show
the mass and moment of inertia for different load rated
gearboxes and different gear ratio’s.
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Figure 3.22: Mass of the the gearbox (loglog)
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Figure 3.23: Moment of inertia of the gearpair on the
motor side (loglog)

Both mass and moment of inertia properties of the
gearbox match catalogue data reasonably well for lower
gear ratio’s. For gear ratio’s above 2 both the mass
and moment of inertia of the gearbox is overestimated
by the model. Gear ratio’s above 5 are not studied
as those are not realistic in a single stage for applica-
tion in the EMA. On average the model underestimates
the gearbox mass by 7% with a standard deviation of
±10.8%. In contrast the moment of inertia of the gear-
box is over estimates on average by 23% with a stan-
dard deviation of ±26%.

3.4 Loss model development
Development of a mathematical loss model of the EMA
is needed to determine the energy requirements for a
given actuator on a specific task. The EMA is a lin-
ear actuator which converts electrical energy in linear
mechanical energy. Conversely, the linear actuator can
also generate electrical energy due to a linear mechan-
ical force and velocity input. The EMA is effectively

capable of four quadrant operation which means the
actuator can be operated in forward and reverse motor-
ing mode and in forward and reverse generating mode.
The basics of the motoring regime of an actuator are
widely known. However, the generating regime of an
actuator is a less common concept. In rotary actuators
(eg. electric motors), the capability of the motor to be
used as a generator is known. Just as for the rotary
actuators, linear actuators can be back driven to oper-
ate as a generator. By enforcing a force and velocity
on the conventional output side of the EMA, the nut
of the PRS forces the screw to rotate. The rotation
of the screw is then led trough the gearbox, effectively
increasing the rotational velocity towards the rotary
motor. The rotary motor then delivers electric power
back to the controller.

Back drive ability Back driving is an important
concept in mobile linear actuator applications. In ap-
plications where the load can drive the actuator, back
driving can regenerate the energy of the load to elec-
trical energy which can be stored. When considering
a full cycle of a back drivable actuator, power in the
system is affected twice by the efficiency of the actu-
ator. The efficiency of the actuator is determined by
power losses in the power path of the actuator due to
for example friction. When back driving the actua-
tor, a situation can occur in which the power losses in
the system are higher than the power delivered to the
actuator by the load. In this case the actuator is self
locking, and positive power is needed from the actuator
to facilitate movement of the load. Actuators which are
always self locking are non back drivable actuators and
can never work in generating mode. Self locking actu-
ators therefore pose higher requirements on the electri-
cal grid connection. In applications where grid power
is limited, back drive ability is very important.

Model approach Modelling the power loss be-
haviour with equations provides a way to compare the
EMA to different actuator solutions for a specific ap-
plication. Using a loss model to determine the losses
for different discretised working points of the actuator
in a task enables the calculation of the required energy
to perform this task. In the subsections below, loss
factors of each EMA component are determined and
modelled based on the working point and component
sizing variables. Different loss models for EMA com-
ponents exist in literature, however these models are
often not ready for use in a simulation based applica-
tion. The used mathematical models and changes to
these models are discussed and the overall loss trends
with respect to the working point are shown. The list
of symbols used in the component loss models is found
in Subsection 3.4.1. Used constants are defined in Ap-
pendix D.
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3.4.1 List of symbols

Symbol Explanation Unit
αEMA Slanted angle of the actuator [rad]
αs Helix angle of the PRS screw [rad]
β Contact angle of the PRS screw [rad]
ηs Working point efficiency of the PRS mechanism [-]
µf Coulomb kinetic friction coefficient of the cylinder bearings [-]
µk Coulomb kinetic friction coefficient in the PRS [-]
µr Rolling friction coefficient in the PRS [-]
νs Kinematic viscosity of PRS lubricating oil [mm2 s−1]
νl Kinematic viscosity of bearing lubricating oil [m2 s−1]
ωout Output speed of the gearbox [rad s−1]
φish Inlet shear heating factor [-]
φrs kinematic replenishment factor [-]
Grr Geometry and load dependant factor [-]
ρ Friction angle of the PRS screw [rad]
ρl Mass density of lubricating oil [kg m−3]
Ab Contact area of the cylinder bearings [m2]
dg,2 Pitch diameter of the driven gear [m]
dm Mean equivalent bearing diameter of the PRS [m]
F Axial force on the actuator [N]
Fb Cylinder bearing total friction force [N]
Fc Coulomb friction force [N]
Fn Normal force on the cylinder bearings [N]
Fpl Preload force on the PRS mechanism [N]
Fs Stiction friction force [N]
hg Height of the gear [m]
kv Coefficient of viscous friction [kg s−1]
Lext Extension length of the actuator [m]
LM Moment arm between the cylinder bearings [m]
Ls Length of the PRS screw/ stroke length [m]
lt Total (effective) lead of the PRS [m]

MEMA Total mass of the actuator [kg]
m Gear teeth module [m]
N Normal force on the PRS mechanism [N]
Pb Bearing gearbox losses [W]

Pg,loss Power loss in the gearbox [W]
Pload Load dependant gearbox losses [W]

Pno−load No load gearbox losses [W]
Pscrew,loss Power loss in the PRS screw [W]

rRP Radius of curvature of the PRS roller helix [m]
rs Pitch radius of the PRS screw [m]

Tbending Bending moment in the cylinder [N m]
Tout Output torque of the gearbox [N m]
Tr Rolling frictional moment [N m]
v Linear velocity of the actuator [m s−1]

vstri Stribeck velocity [m s−1]
yb Gap between cylinder and bearings at high velocity [m]
Zr Number of contact points per PRS roller [-]
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3.4.2 Mechanical cylinder losses
The mechanical cylinder has loss components in both
the PRS and the sliding interfaces of the smooth ex-
tending rod seen in Figure 3.6. In the ideal actuator
mounting configuration, the losses of the PRS mecha-
nism are expected to be much larger than the friction
losses in the cylinder bearings. However, due to the
slanted orientation of the cylinder, bending due to its
own weight will result in higher bearing friction forces.
Losses in the PRS and bearing friction losses are dis-
cussed separately below.

Planetary roller screw losses

Losses in the planetary roller screw occur due to rolling
contact friction between screw, rollers and nut and due
to slip between the screw and the rollers[128]. Further-

more the PRS has losses associated to the friction of
the nut, seal friction, lubrication and hysteresis effects
[128]. The friction of the seal on the PRS is expected
to be much lower compared to roll and slip losses.
Seal friction could even be eliminated by using a non-
sealed PRS nut. Hysteresis effect losses are studied in
ball bearing technology and are also found to be much
smaller compared to other rolling losses [71]. Seal and
bearing losses of the PRS are therefore neglected in
this model.

Existing models The rolling contact friction and
slip losses of the PRS are studied by [167]. The effi-
ciency model of [167] shown in equation 3.70 captures
the steady state behaviour of the PRS transmission
based on the geometrical properties of the mechanism.

ηs =
rs tanαs (cosαs cos ρ sinβ − sinαs sin ρ− µk (sinαs cos ρ+ cosαs sin ρ sinβ))

rs (cos ρ sinαs sinβ + sin ρ cosαs) + rRP(1− cos ρ)(sin ρ+ cos ρ) cosαs cosβ
(3.70)

Here ρ is the friction angle of the screw defined as:

ρ = tan−1

(
µr

rRP sinβ

)
(3.71)

The PRS is mostly operates in steady state behaviour
as is stated by [88]. As such, the use of a quasi steady
state approach is warranted to find the global loss be-
haviour of the PRS. The model of [167] has some major
simplifications which should be discussed:

• The coulomb kinetic coefficient of friction µk is a
fixed value.

• The rolling coefficient of friction µr is a fixed
value.

• The contact angle of the screw is fixed to β =
45deg.

• Lubrication effects are ignored.

The use of a fixed kinetic coefficient of friction is a
widely accepted simplification in friction modelling. A
coefficient µk = 0.055 is used in [167] which falls in the
expected range for lubricated steel-steel contacts. This
simplification is adopted just as the fixed contact an-
gle of the screw. β = 45deg is the most common angle
on commercial available screws and is proven to be the
most practical angle in PRS applications [167].

Model adaptations In contrast to the kinetic coef-
ficient of friction, the fixed value for the rolling coef-
ficient of friction limits the usability of the model for
use in a simulation based approach. The use of a fixed
rolling coefficient of friction effectively removes load
and speed dependencies from the loss model. In liter-
ature, the mean of experimental coefficient results is

often used. For general comparison of different trans-
missions on global efficiency this choice is warranted.
However, to find the energy loss in the system for a
given operation, force and speed dependencies should
be included. Effects on the rolling coefficient of friction
in the PRS are not readily found in literature. How-
ever, research on the rolling coefficient of friction in
bearing technology is available. PRS contact mechan-
ics are often modelled using equivalent balls, hence ball
bearing rolling coefficients of friction should be repre-
sentative for the PRS mechanism. Lubrication effects
on the rolling friction can also be added to the rolling
coefficient of friction.

The rolling frictional moment of ball bearings is semi-
empirically modelled in [150] based on the working
point and mean bearing diameter. The mean bearing
diameter dm is substituted as a function of the screw
and roller radii:

dm =
rs + rr

2
[m] (3.72)

As the rolling frictional force is usually given by Fr =
µrN where N is the normal force, the rolling coefficient
of friction can be obtained from the rolling frictional
moment Tr as:

µr =
Tr
rsN

(3.73)

The rolling frictional moment model from [150] is given
as:

Tr = φishφrsGrr (νsn)
3/5

[N m] (3.74)
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Where n is the speed of the screw in [rpm]. The dif-
ferent loss factors are detailed in Appendix A.4. The
inclusion of an inlet shear heating factor φish and a
kinematic replenishment reduction factor φrs ensure
lubrication loss effects are taken into account. Grr is
a geometry and load dependant factor which can be
approximated by:

Grr = 0.3d1.97
m

(
3.55d4

mn
2 + 3.64

F

Zr

)0.54

(3.75)

Ignoring the lubrication effects, the rolling friction
losses at low speeds are therefore expected to scale ac-
cording to:

Pscrew,loss ∝ F 0.54 (3.76)

Pscrew,loss ∝ v8/5 (3.77)

At higher speeds fluid effects become apparent and the
losses in the PRS are expected to drop due to a de-
creased fluid film thickness between contact points. As
the adapted efficiency model results in working point
efficiencies, the driving and back-driving torque of the
PRS are given as:

TPRS,drive =
Flt
2π

1

ηs
[N m] (3.78)

TPRS,backdrive =
Flt
2π

ηs[N m] (3.79)

The ideal PRS torque in a 100% efficient transmission
is defined as:

TPRS,ideal =
Flt
2π

[N m] (3.80)

The modelled power losses in the PRS are shown in
Figure 3.24 and 3.25 with respect to the required force
and velocity respectively.
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Figure 3.24: Power loss in the PRS - force (loglog)
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Figure 3.25: Power loss in the PRS - velocity (loglog)

The power loss is seen to decrease significantly with
high velocities due to the decreased fluid film thick-
ness. Note that the effects of the decreasing fluid film
thickness is dependant on the rotational velocity of the
screw. Depending on the lead of the screw the transi-
tion towards the reduced rolling friction shifts.

The screw friction torque used in (3.1) is defined as the
difference between the required PRS torque for a given
working points as defined in (3.78) and (3.79) and the
ideal PRS torque (3.80):

Tscrew,loss = TPRS − TPRS,ideal (3.81)

Cylinder bearing losses

Figure 3.26: EMA cylinder in slanted orientation caus-
ing a bending moment on the cylinder due to actuator
weight.
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The cylinder housing and cylinder rod of the EMA
interface trough two linear bearings. These bearings
guide the linear movement of the cylinder rod and
ensure no lateral forces are transmitted to the PRS
mechanism. The sliding friction between the bearing
material and the smooth surfaces of the housing and
rod cause power losses during operation. In an ideal
cylinder the sliding friction forces are minimal, how-
ever due to the slanted orientation of the cylinder the
own weight of the cylinder causes a bending moment
resulting in high normal forces on the bearing mate-
rial. Figure 3.26 shows a cross section of the cylinder
with the respective bearings in orange. As the moment
arm between both bearings changes with the position
of the actuator, bearing friction is highly dependent on
the position or extension of the actuator. The bearing
friction forces in both cylinder types are linearly in-
versely proportional to the moment arm between both
bearings and linearly proportional to the mass of the
actuator.

Friction modelling The frictional forces on the
bearings are expected to behave as a fluid lubricated
contact. Therefore the Stribeck curve is ideally suited
to model the cylinder friction [159, 80, 182]. [18] de-
scribes a Stribeck function specifically for determining
losses in sliding contacts. The cylinder bearing friction
force Fcyl,loss as used in (3.1) can therefore be defined
as [18]:

Fcyl,loss =
(
Fc + (Fs − Fc) e(|v|/vs)isign(v)

)
+ kvv[N] (3.82)

Here Fc is the coulomb friction force which is defined
as:

Fc = Fnµf [N] (3.83)

The normal force Fn on the bearings is dependant on
the moment arm of the bearings and mass and angle
of the EMA. The moment arm can be calculated as a
function of the actuator extension by:

LM = Lext,max + LM,min − Lext[m] (3.84)

Here Lext,max is the maximum cylinder extension,
LM,min is the minimum construction moment arm and
Lext is the extension of the actuator. The centre of
mass of the EMA is assumed to be stationary at 2/3th
the cylinder housing length. The resulting bending mo-
ment on the cylinder due to its own weight is defined
as:

Tbending = MEMAg
2

3
Lscos(αEMA)[N m] (3.85)

The normal force on the bearing surfaces is now given
as:

Fn =
Tbending
Lm

+ Fpl[N] (3.86)

Where Fpl is a constant preload force. The stiction
force Fs is assumed to be 30% larger than the coulomb
friction force. Finally, the viscous coefficient of fric-
tion kv is modelled by [93] as a function of the bearing
contact area Ab, lubrication properties and the clear-
ance between the bearing and contact surface at higher
speeds yb:

kv =
Abνlρl
yb

[kg s−1] (3.87)

Cylinder loss behaviour The cylinder losses are
only influenced by the frictional forces between the lin-
ear bearings and their contact surfaces. The bearing
friction force is independent of the loading of the actu-
ator as the bearing normal forces are oriented perpen-
dicular to the load direction.

The cylinder losses are expected to increase with the
extension of the cylinder rod as this decreases the mo-
ment arm between both bearing locations. As the mo-
ment arm is determined by a summation, the trend
relation to the actuator extension is not exponential.
The losses are expected to scale linearly with the veloc-
ity in the normal speed range. At higher velocities the
viscous forces are expected to dominate with Pvisc ∝ v2

and at lower velocities the Stribeck effect is expected
to flatten the loss trend with respect to the velocity.

Figure 3.27 and 3.28 show the loss trends of the cylin-
der bearings with respect to the actuator position and
velocity respectively.
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Figure 3.27: Power loss of the bearings - position
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Figure 3.28: Power loss of the bearings - velocity
(loglog)

3.4.3 Gearbox losses

The gearbox transmits torque and rotation between
the motor and PRS screw. Depending on the ratio
of the gear diameters, the speed and torque ratio are
changed between the input and output axis. Torque
and speed transmission occur by meshing of gear teeth
on both gear wheels. In the meshing of the teeth, slid-
ing between metal surfaces occurs, resulting in fric-
tional losses. Next to losses due to sliding friction,
the gearbox also has losses associated to the bearings
supporting both gearbox axles.

Gear meshing losses

The planetary gearbox is a well researched transmis-
sion in literature. As such, different efficiency mod-
els for the gear mesh losses are available. Losses in
the gears can be split into ’No-load gear losses’ and
’Load dependant gear losses’. The no-load gear losses
describe losses due to windage, oil churning and oil
squeezing during meshing of the gears [119]. The load
dependent gear losses describe friction between the
gear flanks [94].

[94] describes a load dependent gear loss model based
on the geometry related Ohlendorf’s power loss factor
[120] and a load and speed dependant average coeffi-
cient of friction [119]. The load dependant loss model
of [94] is described in Appendix A.5.2 and can be ap-
proximated by ignoring lubrication effects as:

Pload = 0.64
(1 +Rgear)

4/5
πm

R
8/3
geard

4/5
g,2 h

1/5
g

T
6/5
out ω

4/5
out (3.88)

The no-load power losses are modelled in [94] by a semi-
empirical equation developed by [119]. It is important
to note this equation is developed for a vertical gear

orientation where the gears in the mechanical trans-
mission are oriented close to horizontal. Losses related
to frictional forces in the lubricant will therefore differ.
The no-load loss model of [94] is repeated in Appendix
A.5.2 and can be approximated by:

Pno−load = 230hg

(
ωout

dg,2 + 2m

2

)3/2

(3.89)

Gear meshing power losses are found to be propor-
tional to the torque with Pload ∝ T 6/5, an experimen-
tal lubrication correction factor reduces this relation-
ship to Pload ∝ T 6/5−0.0651 [119]. The relation of gear
losses with the speed is different for load dependant
and no-load losses. Load dependant losses scale with
the speed by Pload ∝ ω4/5 [119]. No-load losses scale
by Pno−load ∝ ω3/2 [119]

Bearing losses

Bearing losses are the result of the frictional moment
in the bearings. Bearing losses are often empirically
modelled. Here a model by [10] is used. As axial and
radial loads on the bearing are well constraint in this
application only load independent bearing losses are
taken into account. As such, no load dependency is
expected in the bearing losses. The model of [10] is
detailed in appendix A.5 and can be approximated by:

Pb = 3.85e− 7ω
5/3
outd

3
ma (3.90)

Here dma is the mean bearing diameter which is as-
sumed to be 15% larger than the screw axle diameter
dma = 1.15 (2rs). It is important to note that possible
seal friction losses in the gearbox are ignored. This is a
valid assumption as both shaft openings are facing up-
wards and are connected to either the motor housing
or the mechanical cylinder.

Total losses

The total gearbox power losses are determined by sum-
ming all loss components defined above:

Pgear,loss = Pload + Pno−load + Pb[W] (3.91)

Alternatively the gearbox losses can be expressed as a
friction torque Tgear,loss experienced on the motor side
as used in (3.2):

Tgear,loss =
Pgear,loss

ω1
(3.92)
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Figure 3.29: Gearbox power loss trend - torque (loglog)
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Figure 3.30: Gearbox power loss trend - velocity
(loglog)

The total losses in the gearbox are expected to be dom-
inated by the gear meshing losses. At low loads the
no-load losses should dominate while at higher loads
the load dependant losses take over. Figure 3.29 shows
the load dependant gearbox losses and corresponding
trend lines.

The loss trends with respect to the speed of the gearbox
are expected to scale according to the load dependant
losses. At higher speeds the no-load losses should take
over. Depending on the loading of the gears, the tran-
sition point between both trends changes. Figure 3.30
shows the modelled speed dependant gearbox losses
and corresponding trend lines. Note that speeds above
3000[RPM] are not used in practice. Losses in the bear-
ings only become dominant at speeds not reached dur-
ing normal operation.

3.5 Constraints
Actuator constraints limit the possible actuator config-
urations with physical limits which are not necessarily
imposed by the mass and power loss models. The EMA
transmission is constrained by two constraint which are
detailed below.

PRS screw speed The speed of the PRS screw is
limited by the eigenfrequency of the PRS. The critical
speed of the PRS is determined empirically by [144]
as a function of the screw diameter ds and the screw
length ls:

ncrit =
86.4e3dsk

l2s
[rpm] (3.93)

Here k is the support bearing factor which is equal to
k = 1.55 for the PRS [50]. An additional safety factor
to remain under the critical speed of 80% is enforced
in the PRS speed constraint.

Motor speed The speed of the motor can not in-
crease indefinitely. Next to the electrical limitations,
motor speed is often limited by the balancing of the
rotor and the resulting high centrifugal forces on the
rotor and bearings. Maximum motor speed of the servo
motors used in high power actuators is assumed to be
constant at:

nmax = 3300[rpm] (3.94)

The majority of the servo motors found in the industry
are rated around this speed.

3.6 Conclusions
This chapter discussed the model development of the
components used in the electro mechanical actuator
with exception of the rotary motor driving the actua-
tor transmission. Model development is performed to
obtain mass and power loss models which can facilitate
fast sizing and comparison of different actuator config-
urations against other actuator technologies. New and
adapted existing models to describe the required EMA
parameters are discussed. Furthermore several trends
are found describing the component masses with re-
spect to the load rating and the power loss properties
with respect to the working point of the actuator.

3.6.1 Mass and power loss trends
Mass and power loss trends follow from the various
models discussed in this chapter for every transmission
component. Mass and power loss trends aid in under-
standing general behaviour of the EMA. The dominat-
ing trends found in Sections 3.3 and 3.4 for actuators
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capable of delivering 100[kN] and more are repeated be-
low. For the absolute masses and losses the equations
described in these sections should be used as these can
not simply be described by a single proportionality co-
efficient.

Mass scaling The mechanical cylinder is found to
scale approximately linear with the load rating as most
parts scale according to yield strength requirements:

Mcylinder ∝ F (3.95)

The mass of the gearbox is found to scale with the
square root of the torque rating at low torque rating.
At higher torque rating the trend changes to a linear
relation as the mass of the gear pair starts to dominate
the enclosure mass:

Mgearbox ∝ T 1/2 + T (3.96)

As such the mass of the gearbox is expected to dom-
inate at low load ratings while the mass of the me-
chanical cylinder dominates at high load ratings. The
moment of inertia of the mechanical cylinder and the
gearbox are found to scale respectively with:

Icylinder ∝ F 2 (3.97)

Igearbox ∝ T (3.98)

Again, the mechanical cylinder moment of inertia is
expected to dominate high load rated actuators.

Power loss behaviour Loss behaviour is deter-
mined based on the working point of the actuator. The
power loss scaling law of the mechanical cylinder with
respect to the force on the actuator is found to be:

Pcylinder ∝ F 1/2 (3.99)

The gearbox gear mesh losses scale with respect to the
torque on the gears. The power loss relation of the
gearbox with respect to the torque is given as:

Pgearbox ∝ T 6/5−0.0651 (3.100)

The losses with respect to the velocity are dominated
by the friction losses in the cylinder bearings at lower
speeds. At high velocities, the rolling friction losses in
the RPS mechanism become dominant:

Pcylinder ∝ v + v8/5 (3.101)

Losses of the gearbox with respect to the velocity in-
clude bearing losses, lubrication related losses on the

gear mesh and gear meshing friction. In the normal
operation window, losses are expected to scale with:

Pgearbox ∝ ω4/5 (3.102)

The cylinder losses are also influenced by the extension
of the actuator due to an own weight induced bend-
ing moment. The further the actuator is extended the
higher the bearing losses in the cylinder become.

3.6.2 Model use

The developed mass and power loss models describe
the electro mechanical actuator assuming quasi static
operation. The actuator model is capable of determin-
ing the approximate actuator mass and mean power
use for an arbitrary actuator configuration. These con-
figurations are determined by free design variables of
the actuator which are the lead of the planetary roller
screw ls, the radius of the planetary roller screw rollers
rr, the number of thread starts of the planetary roller
screw Ns and the gear reduction ration Rgear. Further
input parameters needed in the model are the max-
imum load and speed requirements on the actuator,
the desired lifetime of the actuator and a representa-
tive time series describing the normal operation of the
actuator in force, velocity, acceleration and position
data.

The main purpose of the developed actuator model is
providing a tool which can be used in a preliminary
design tool to find the optimal electro mechanical ac-
tuator configurations for a specified application. De-
velopment of a similar actuator model for the electro
hydrostatic actuator as shown in Chapter 4 enables
comparison of both actuator technologies for a specific
application. As comparison of different high power ac-
tuators is the focus of the developed model, scaling and
power loss trends are more important than the absolute
values of the actuator properties. Masses and losses of
smaller peripherals are therefore neglected. For low
power actuators actuator properties are expected to
deviate significantly due to for example the neglected
masses of mounting hardware, cabling and lubrication
systems.

3.6.3 Future work

In developing and testing the actuator model, some
model parts are shown to need further improvement
in future model iterations. For the reader interested
in possible follow up research, future work suggestions
are stated here.

A major simplification in the electro mechanical actu-
ator model is the use of a single stage gearbox design.
Use of the single stage gearbox limits the practical
achievable gear ratio. As the axial shift of the gearbox
is used to bridge the mechanical cylinder screw axle and
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the motor axle, the diameters of the gears inside the
gearbox are relatively large which affects both the mass
and power loss properties of the gearbox. Development
of a gearbox model using a variable number of stages
would benefit the accuracy of this model part. Devel-
opment of of a variable number of gear stages would
also require the gear teeth module to be modelled as a
function of the gear sizes.

Another aspect for future research is the validation of
the actuator power loss models. Mass models are vali-
dated using manufacturer data of existing components.
Power loss data is generally not available to validate
the power loss models in a similar fashion. The use of
existing sub models found in literature and the physics

based explanation of the loss trends provides a rea-
sonable prediction of model accuracy. However, exper-
imental validation of the complete power loss model
would greatly benefit the certainty of the loss model
results. Especially with respect to the no load power
losses in the gearbox, the effect of using a horizontal
gearbox orientation instead of a vertical orientation on
the modelled losses should be determined.

Finally, future research could focus on the model de-
velopment of similar electro mechanical actuator im-
plementations within the development framework ex-
plained in this chapter. Other actuator implementa-
tions can then be compared to the electro mechanical
actuator based on the planetary roller screw.
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Chapter 4

Electro hydrostatic actuator, sizing and
loss model development 1

Abstract
Electro mechanical and electro hydrostatic linear actuators are often used for different actuation applications
up to 45 kW maximum output power. For applications requiring higher power output, the advantages of one
over the other technology become unclear. Existing research clearly shows benefits of both technologies over
conventional hydraulic actuation. This chapter describes the mathematical model development of the electro
hydrostatic actuator to enable comparison of this actuator technology for different actuator requirements and
applications.

4.1 Introduction

Figure 4.1: Ampelmann A-type crew transfer gangway
(Ampelmann Operations B.V.)

Linear actuators are devices capable of converting elec-
trical energy to linear mechanical energy. Often a
rotary motor is used to drive a rotary to linear hy-
draulic or mechanical transmission. Current develop-
ments in various technical fields concerning actuation
are focused in a large part on efficiency. Efficiency is
often important with respect to environmental consid-
erations; achieving more with less environmental costly

resources. Increased efficiency however also has a finan-
cial consequence by lowering operating costs. Similarly,
reducing actuator mass can impact operational costs
directly. Especially in mobile actuator applications ,
system mass footprint becomes an important factor in
the total payload capacity of the carrying vessel and
therefore on the productivity of the vessel trip.

This chapter focusses on linear actuators of hexapod
steward platforms which are capable of power output
with an order of magnitude of 105 Watt. An example
of such system is the Ampelmann A-type crew transfer
gangway shown in Figure 4.1. These systems use six
linear actuators to compensate vessel motion and cre-
ate a still standing platform from which offshore crew
can be transferred between the vessel and a fixed struc-
ture.

Linear actuators in high power applications are often
dominated by conventional hydraulic technology. Con-
ventional hydraulics are known for their high loss fac-
tors with maximum system efficiencies ranging around
35% [100, 180]. In the aviation industry, a develop-
ment called the more electric aircraft (MEA) found
that electro hydrostatic actuators (EHA) and electro
mechanical actuators (EMA) both offer significant ad-
vantages on both system efficiency [22, 33, 128] and
reduced actuator mass [22, 41, 128, 163].

Both EHA and EMA are driven by an electric rotary
1This chapter is based on the draft paper provided in Appendix F.2
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machine to convert electrical energy in rotary mechan-
ical energy. The EHA uses a hydrostatic transmission
with a pump and hydraulic cylinder to obtain a linear
force and velocity. Similarly, the EMA uses an (op-
tional) gearbox and a screw mechanism to obtain the
same linear force and velocity output. Both technolo-
gies have specific properties, however comparison be-
tween both options are lacking for high power applica-
tions. Figure 4.2 (Appendix G) shows various actuator
studies found in literature ranked on their maximum
output force and velocity. Existing literature is seen
to exist on EMA and EHA for power levels up to ap-
proximately 45kW. For higher power levels, existing
research is lacking and no clear benefits of one over the
other technology are defined. To further the knowl-
edge in the use of EHA and EMA linear actuators for
high power applications mathematical models describ-
ing scaling and loss behaviour of these actuators are
needed.
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Figure 4.2: Existing actuator studies in literature
ranked on maximum output force and velocity (Ap-
pendix G).

This chapter describes mathematical model develop-
ment of sizing and loss models of the EHA. The focus
of this chapter is on actuators for use in a sea mo-
tion compensating steward platform, however actua-
tor properties and efficiency models are applicable to
a multitude of high power actuation applications. The
focus on a specific actuator application is necessary as
operating regimes determine the power loss behaviour
of the actuator. The developed actuator models have
free design variables which can later be used in an op-
timization algorithm to find the best possible actuator
for the given requirements.

Reading guide To aid the reader in finding the con-
tents of their interest in this chapter, this reading guide
provides the general structure of the chapter. First,
to better understand the requirements on the model
developed in this chapter, Section 4.2 describes the
general electro hydrostatic actuator operation and the
overall model definitions. Next, Section 4.3 details the

model development of the major actuator components
with resulting scaling relations and comparison of mod-
elled mass properties with catalogue data. Section 4.4
describes the development of the actuator power loss
models. The main sensitivities of the component power
losses are determined with respect to the working point
of the actuator. The resulting sizing and power loss
trends are summarised in Section 4.6 along with im-
plementation options of this model in further research.

Several dimensionless figures are shown in this chap-
ter on a loglog scale to portray the different mass and
power loss sensitivities. Note that all shown logarith-
mic scales have base 10. The reader interested in the
detailed equations behind the relations discussed in
this chapter for possible model iterations are referred
to appendix B.

4.2 System description and
method

4.2.1 Actuator description

Figure 4.3: General components of the EHA

EHA parts To determine actuator properties, the
basic parts and operation of the electro hydrostatic
linear actuator (EHA) should be discussed first. The
EHA has three major components which are visual-
ized in Figure 4.3. The electric servo motor (A) is of-
ten implemented by a permanent magnet synchronous
machine (PMSM) capable of four quadrant operation.
Connected to the motor is a hydrostatic pump with
manifold(B), the pump converts the rotary mechanical
power of the motor to hydraulic power for use in the
end effector (C). The end effector (C) is the actuator
part which transfers the actuator power to the load.
The end effector is a hydraulic double acting cylinder
with symmetric cylinder chambers. The pump is con-
nected trough a manifold and pipes to both cylinder
chambers. The actuator is capable of four quadrant
operation, meaning the actuator can be operated in the
motoring regime and can be back driven to operate in
generating mode. The simplified operational principle
of the EHA in motoring operation is given below.

42



EHA operation The EHA converts electrical en-
ergy to linear mechanical energy with an intermediate
conversion to hydraulic fluid energy. The general ar-
chitecture of the EHA transmission is shown in Figure
4.4. The servo motor of the EHA is connected trough
a controller to an electrical grid. The voltage and the
supplied current on the motor poles are converted to
a rotational velocity and torque of the outgoing mo-
tor axle. The motor axle in its turn is connected to
the hydrostatic pump. Turning the hydrostatic pump
axle at a certain speed results in a proportional vol-
ume flow trough the pump. The torque on the pump
axle translates to a relative fluid pressure. Hydraulic
fluid is effectively pumped from one cylinder chamber
to the other cylinder chamber. The resulting pressure
differential between both cylinder chambers induces a
net force on the piston and connected piston rod. The
flow velocity results in a proportional velocity of the
piston and piston rod. The hydraulic system also has
a additional charge pump connected by one way valves
to compensate fluid leakage and keep the low pressure
side of the pump at a minimum pressure to avoid cav-
itation and increase actuator stiffness. The end of the
piston rod is connected to the load and transfers the
actuator power to the load.

Figure 4.4: Moving parts in the EHA transmission

4.2.2 Component choices
The components of the EHA can be implemented in dif-
ferent ways. The servo motor is often implemented by a
permanent magnet synchronous machine [44, 96, 174].
This component has well known properties and is not
further discussed in this chapter. The hydrostatic
pump knows many different variations. Here the pump
is implemented with an straight axle piston pump.

These pumps are known for their heigh volumetric effi-
ciency, especially at higher pressures [92]. No difference
is made between the radial and axial straight axle pis-
ton pump in this chapter. The hydraulic cylinder of
the EHA is largely similar to the hydraulic cylinders
used in conventional hydraulic actuators. As the hy-
draulic system is a closed loop system in the EHA, the
use of symmetric cylinder chambers is necessary.

4.2.3 Modelling method

To compare actuator technologies, the mass and loss
properties of the actuator should be well defined. To
understand the models developed in this chapter, first
the power relations between various actuator parts
should be explained. The basic power relations be-
tween the three main actuator parts of the EHA are
visualized in Figure 4.5. Actuator parts are sized ac-
cording to requirements posed on the actuator load
side. Similarly, input power is determined as a function
of load side power requirements. Therefore information
on the load side can be regarded as known and F , v and
v̇ can be deemed the input parameters of the actuator
model.

Figure 4.5: Power relations between EHA actuator
parts.

Power relations

For each transmission part shown in Figure 4.5, the
power relations can be modelled with equations. In
general, power transmission is defined by a transmis-
sion ratio linking the ideal velocity terms of the trans-
mission in- and output. The ideal force terms are re-
lated by the inverse of this transmission ratio. In prac-
tical transmission parts, the power relations are also
influenced by inertia effects and power losses. The lin-
earised relations of each EHA component are mathe-
matically described below:

[
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=
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+
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Hydraulic cylinder The hydraulic cylinder con-
verts fluid power to linear force and motion and is mod-
elled in (4.1). The transmission ratio of the cylinder
for the force and velocity related terms is defined by
the area of the piston Ap as:

CQ = Ap[m
2] (4.4)

Cp =
1

Ap
[m−2] (4.5)

Losses in the hydraulic cylinder occur due to friction in
the sliding contact interfaces of the piston and piston
rod with bearings and seals. Figure 4.6 shows the dif-
ferent sliding interfaces in the hydraulic cylinder. Note
that possible sealing surfaces between the piston rod
and guide rod are neglected. Mechanical friction in
the hydraulic cylinder is captured by the friction force
Fcyl,loss in (4.1). While the same sliding contact in-
terfaces also form a barrier to hydraulic fluid leakage,
leakage in the cylinder can safely be neglected as ex-
plained in Subsection 4.4.2. An additional loss com-
ponent related to the hydraulic cylinder is found in
the pipes connecting the cylinder with the hydrostatic
pump. Flow friction in these pipes result in a pressure
drop which is described by ppipe,loss in (4.1). The hy-
draulic cylinder and pipe loss components are modelled
in Subsections 4.4.2 and 4.4.4.

Figure 4.6: Hydraulic cylinder sliding contact inter-
faces

The moving mass of the hydraulic cylinder M3,m also
influences the power relations due to inertia effects.
The moving mass of the cylinder is described in Sub-
section 4.3.2.

Hydrostatic piston pump The hydrostatic piston
pump forms the transmission between the mechanical
and fluid power domain and is described by (4.2). The
transmission ratio for the force and velocity related
terms are defined by the volumetric displacement Vg
of the pump:

Cω =
2π

Vg
[rad m−3] (4.6)

CT =
Vg
2π

[m3 rad−1] (4.7)

The hydrostatic piston pump has a lot of moving parts
and sliding contact interfaces. Figure 4.21[130] shows
the various components interfacing in the pump. As
the hydrostatic pump contains hydraulic fluid and is
lubricated by this same fluid, two types of losses occur
in these interfaces. First, friction occurs on the sliding
surfaces resulting in a frictional torque on the pump
axis. The friction losses are described by Tpump,loss
in (4.2). Next to friction, the moving interfaces in
the pump also cause hydraulic fluid leakage. The
pump leakage losses are captured by the leakage flow
Qpump,loss in (4.2). Both the pump friction and leakage
losses are detailed in Subsection 4.4.3.

As the pump contains a variety of rotating parts, the
power relations are affected by inertia effects. The mo-
ment of inertia of the hydrostatic piston pump is de-
termined in Subsection 4.3.4.

Servo motor The servo motor forms the transmis-
sion between the electrical and mechanical power do-
main. Servo motor transmission ratio’s and power
losses are well defined in literature [117, 127, 142] and
are not discussed further in this chapter. The power
relations of the servo motor are discussed in Chapter
5.

Losses in the EHA Losses of the actuator parts are
dependent on the working point of the actuator part.
Hence both load and velocity related parameters in-
fluence instantaneous loss magnitude of the actuator
part. The working point information on the load side
of the actuator is taken as a given in this chapter. As
losses influence the working point of the upstream con-
nected actuator part, losses at the end of the power
path have a large influence on the total instantaneous
power needed by the actuator. The power path is di-
rected from the servo motor to the load in motoring
operation and from the load to the servo motor in gen-
erating operation (see Figure 4.5). Next to the working
point information of the actuator, the loss magnitude
in the different actuator parts is also dependant on ge-
ometry related parameters which are defined in Section
4.3.

In general, the high power actuator applications under
consideration often operate at frequencies below 1[Hz].
As such, the system is dominated by high masses and
inertia’s while dynamic effects only start occurring at
much higher frequencies. In modelling the losses of the
system a quasi static approach is therefore a reasonable
simplification to reduce model complexity and calcula-
tion time. Losses in the EHA are modelled in Section
4.4 and 5.2. Equations defining the parameters needed
in Equations 4.1, 4.2 and 4.3 are boxed in for reference.

44



Sizing of the EHA

Sizing of an actuator part influences losses of this actu-
ator part but is also influenced by the losses of the con-
nected actuator parts. Losses in the hydraulic cylinder
and pump for example should be compensated by the
servo motor, hence increasing the load requirements
on that actuator component. Sizing of actuator com-
ponents is mainly determined by the maximum load re-
quirements on the component. For axial loaded parts
dimensions are determined by buckling and yield re-
quirements. Rotating parts have an additional require-
ment on shear strength and hydraulic parts also require
pressure resistance. The maximum load on the actu-
ator is assumed a known parameter in this chapter.
Together with the transmission ratio’s described above
and the component efficiency, the maximum loading on
each component can be determined and sizing can be
performed.

The main objective of sizing the different actuator com-
ponents is finding the mass of an arbitrary actuator
configuration. The mass of the EHA is simplified in
this report to consist of the masses of its main compo-
nents. Mounting hardware and additional peripherals
are ignored with this approach. The total EHA mass
with respect to the components shown in Figure 4.5 is
then determined as:

MEHA = M1 +M2 +M3 +M4 +Mfluid (4.8)

A detailed breakdown of the component sizing and
the different component masses is given in Section 4.3
and 5.1. Equations defining the parameters needed in
Equation 4.8 are boxed in for reference.

4.3 Sizing model development
Development of a mathematical sizing model of the
EHA is necessary for two main reasons; the sizing
model determines the total mass of the actuator and
defines the geometrical parameters needed in the actu-
ator loss models. Sizing is often based on the maximum
power requirements of the actuator. Next to the power
requirements, sizing is also influenced by free design
variables which can later be used in an optimization
step. Sizing of the EHA is split up in sizing of the
hydraulic cylinder and sizing of the hydrostatic pump.
Sizing model development of these components is dis-
used separately in Subsections 4.3.2 and 4.3.4. Sizing
relations of the permanent magnet synchronous ma-
chine are well known in literature, the PMSM is not
further discussed in this chapter. The list of symbols
used in the component sizing models is found in Sub-
section 4.3.1. Material properties are shown in Ap-
pendix D.

4.3.1 List of symbols

Symbol Explanation Unit
ρhf Mass density of hydraulic fluid [kg m−3]
ρst Mass density of steel [kg m−3]
ρcst Mass density of cast steel [kg m−3]
σt Allowable pipe material stress [N mm−2]
Ap Cross sectional area of the piston [m2]
dflow Hydraulic pipe flow diameter [m]
Ipump Moment of inertia of the pump [kg m2]
Lch Length of the cylinder housing [m]
Lp Length of the piston [m]
Lpipe Total length of the hydraulic pipes [m]
Lr,a Length of the piston rod [m]
Ls Stroke length of the actuator [m]
mch Mass of the cylinder housing [kg]
mcyl Mass of the hydraulic cylinder [kg]
mfluid Mass of the hydraulic fluid [kg]

mmanifold Mass of the hydraulic manifold [kg]
mp Mass of the piston [kg]
mpipe Mass of the hydraulic pipes [kg]
mpump Mass of the hydrostatic pump [kg]
mr Mass of the piston rod [kg]
mrg Mass of the rod guide [kg]
plow Minimum allowed pressure in the system [Pa]
pmax Maximum system pressure [Pa]
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Qmax Maximum volume flow [m3 s−1]
rch,i Inside radius of the hydraulic cylinder [m]
rch,o Outside radius of the hydraulic cylinder [m]
rp Radius of the piston [m]
rr,i Inside radius of the piston rod [m]
rr,o Outside radius of the piston rod [m]
tch Hydraulic cylinder material thickness [m]
tp Pressure thickness of the hydraulic pipes [m]
tr Piston rod material thickness [m]
trg Rod guide material thickness [m]

trod,ratio Thickness ratio of the piston rod [-]
Vfluid, Volume of the hydraulic fluid [m3]
Vg Volumetric pump displacement [cm3/rev]
vflow Maximum design flow velocity [m s−1]
vmax Maximum design actuator velocity [m s−1]

4.3.2 Sizing of the hydraulic cylinder

Figure 4.7: Hydraulic cylinder architecture.

The hydraulic cylinder is the end effector of the EHA.
The hydraulic cylinder has a smooth piston rod con-
nected to the piston inside the cylinder housing. The
piston rod is hollow to accommodate the guide rod.
The guide rod ensures the piston area of the A and B
chamber have approximately the same area. The sim-
plified geometry of the hydraulic cylinder is shown in
Figure 4.7. As stated above, sizing is mainly deter-
mined by the load requirements on the actuator. The
cylinder rod is mainly loaded by axial forces when a
swivelled connection to a frame and the load are as-
sumed. The cylinder housing is loaded by the fluid
pressure inside. However, in case the cylinder rod gets
stuck in the guide bearings, the housing is also loaded
by axial forces. Maximum load requirements on the
hydraulic cylinder are defined by the maximum design
force of the actuator in the fully extended position. Ge-
ometrical sizing according to these load requirements
to determine the masses of the hydraulic cylinder com-
ponents is discussed below.

Piston rod sizing

First, the piston rod or smooth rod shown in Figure
4.8 is dimensioned. The piston rod is assumed to be
hollow for weight saving purpose and to accommodate
the guide rod. The guide rod is necessary to obtain a
symmetric piston area in both cylinder chambers.

Figure 4.8: Simplified piston rod geometry with main
sizing dimensions.

Load sizing The rod radius is dimensioned based
on its axial loading. The axial loading poses require-
ments on the yield strength and critical buckling load
of the piston rod. Additionally the rod is also loaded by
the pressure in the cylinder. To facilitate load-sizing,
a fixed thickness ratio of the hollow piston rod is as-
sumed:

trod,ratio =
rr,o
rr,i

= 1.2 (4.9)

The outside radius can first be determined according to
the buckling and yield requirements. The minimal pis-
ton rod radius calculations according to these criteria
are shown in Appendix B.1 and can be approximated
by:

rr,o−buckling = 1.52e−3F 1/4L1/2
s (4.10)

rr,o−yield = 1.2e−4F 1/2 (4.11)

The outside and inside radius of the piston rod are then
determined according to:
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rr,o = max([rr,o−buckling, rr,o−yield])

[m] (4.12)

rr,i =
rr,o
tratio

[m] (4.13)

To ensure the rod can withstand the hydraulic fluid
pressure, the required material thickness to withstand
the pressure is defined according to DNVGL class
guidelines [46] as:

tpressure =
pmaxrr,o−mm

10σt − 0.5pmax
(4.14)

With pmax the maximum design pressure in [bar] and
rr,o−mm the outside radius of (4.12) in [mm]. This
equation is further detailed in Appendix B.1. The in-
side radius of the rod is adapted if the pressure thick-
ness is critical.

Mass properties The mass of the rod is determined
by the radii and the length of the rod. The length of
the rod is dependant on the stroke length of the actua-
tor and some sizing parameters of the cylinder housing
(see subsection 4.3.2):

Lr,a = Ls + Lp + dflow + 2tch[m] (4.15)

The mass of the rod is subsequently given by:

mr = π
(
r2
r,o − r2

r,i

)
Lr,aρst[kg] (4.16)

As only the radius of the piston rod sizes with the load,
assuming yield is the critical requirement, the piston
rod mass is expected to scale according to:

mr ∝ F (4.17)

Rod guide sizing

Figure 4.9: Simplified rod guide geometry with main
sizing dimensions.

The hollow piston rod has a guide on the opposite side
of the cylinder called the rod guide. Figure 4.9 shows
the rod guide and its main dimensions. This guide is
there to ensure and approximately symmetric piston
area and to house the position sensors of the cylinder.
The rod guide is a stationary hollow tube with the out-
side radius equal to the inside radius of the piston rod.
The thickness of the rod guide is assumed to be half the
thickness of the piston rod as this is a non-load bear-
ing component trg = tr

2 . The mass of the rod guide is
therefore given by:

mrg = π
(
r2
r,i − (rr,i − trg)2

)
Lchρst[kg] (4.18)

As the radius of the rod guide is proportional to the ra-
dius of the piston rod, the same mass trend is expected
for this component.

Piston sizing

Figure 4.10: Hydraulic cylinder simplified piston with
main sizing dimensions.

The piston of the hydraulic cylinder is the actual in-
terface of the hydraulic to mechanical energy transmis-
sion. The piston is a cast steel part and is modelled as
a hollow thick walled cylinder as seen in Figure 4.10.
The cut-outs for the seals and bearing material are
neglected in the mass calculations. The main sizing
parameter of the piston is the free design piston area
Ap parameter. The piston area determines the trans-
mission ratio of the hydraulic cylinder. The required
outside piston radius is dependent on the outside ra-
dius of the piston rod. The piston radius is determined
according to:

rp =

√
Ap + r2

r,oπ

π
[m] (4.19)
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The length of the piston should be capable of with-
standing the pressure differential between both cylin-
der chambers. However, the piston side wall should
also be wide enough to accommodate a linear bearing.
The length of the piston is assumed to be equal to the
radius of the piston with Lp = rp. The simplified mass
of the piston can then be determined from:

mp = π
(
r2
p − r2

r,o

)
Lpρcst[kg] (4.20)

Cylinder housing sizing

Figure 4.11: Simplified housing geometry with main
sizing dimensions.

The final component of the hydraulic cylinder is the
cylinder housing. The cylinder housing forms the ef-
fective outside walls of the cylinder chambers and pro-
vides a bearing and sealing surface for the piston and
piston rod bearings and seal. The cylinder housing
also provides an interface with the hydraulic tubing to
and from the hydrostatic pump. Figure 4.11 shows the
main geometry of the hydraulic cylinder housing and
the main sizing parameters.

Main dimensions The cylinder housing and the pis-
ton form both cylinder chambers of the hydraulic cylin-
der. As the piston should slide on the inside walls of
the housing, the inside radius of the housing can be
simplified to equal to piston radius:

rch,i = rp (4.21)

The internal housing length of the cylinder is also sized
around the other cylinder components. The housing
should be able to accommodate the free length of the
rod, the length of the piston and the diameters of both
the A and B port as can be seen in Figure 4.11. The
free length of the rod is equal to the maximal stroke
length of the actuator. The total internal length is
mathematically given as:

Lch,i = Ls + Lp + 2dflow[m] (4.22)

The hydraulic fluid diameter of the A and B port is
determined separately below. The last free geometric
parameter is the outside radius of the housing. The
outside radius is sized to withstand both axial loading
and loading due to the fluid pressure. Both require-
ments are defined in the DNVGL class guidelines for
hydraulic cylinders [46]. With the previously defined
parameters, the equations found in the DNVGL docu-
ment can be rewritten to obtain the required outside
housing radius. The derived equations can be found in
Appendix B.1 and are approximated as:

rch,o−yield =
(

4.4e−9F +
rch,i
π

)1/2

(4.23)

rch,o−buckling =

(
F +

2.47e12r4
ch,i

L2
s

)1/4

L1/2
s (4.24)

rch,o−pressure = rch,i + 6.9e−5
pmaxrch,i

4355− 5e−6pmax
(4.25)

Here pmax is the absolute pressure in the cylinder given
by:

pmax =
F

Ap
+ plow (4.26)

The required minimal outside housing radius is then
determined from:

rch,o = max ([rch,o−yield, rch,o−buckling, rch,o−pressure]) [m] (4.27)

Hydraulic flow diameter To properly size the
length of the hydraulic cylinder housing, the flow di-
ameters of the A and B port should be known. The re-
quired diameters of the hydraulic ports are determined
to limit the maximum fluid velocity and the resulting

fluid friction losses. Hydraulic cylinder manufacturers
recommend a maximum flow velocity for high pressure
lines of vflow = 25ft/s ≈ 7.5m s−1 [155]. The required
flow diameter to achieve this velocity limit is given as:
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dflow =

√
4

π

√
Qmax
vflow

[m] (4.28)

With Qmax the maximum required fluid flow rate in
[m3 s−1].

Mass properties The mass of the cylinder housing
can be determined by simplifying the housing geome-
try to three basic parts. Figure 4.12 shows these basic
parts. The volumes of each part are calculated accord-
ing to:

Vch,1 = π
(
r2
ch,o − r2

r,o

)
(2tch) [m3] (4.29)

Vch,2 = π
(
r2
ch,o − r2

ch,i

)
Lch[m3] (4.30)

Vch,3 = πr2
ch,o (2tch) [m3] (4.31)

Figure 4.12: Simplified cylinder housing parts

Here the thickness of the top and botom part is defined
as:

tch = rch,o − rch,i[m] (4.32)

The total mass of the simplified housing is proportional
to the sum of these individual volumes:

mch = (Vch,1 + Vch,2 + Vch,3) ρst[kg] (4.33)

Hydraulic cylinder mass

The hydraulic cylinder mass M3 as used in (4.8) is de-
termined by summing the different cylinder component
masses determined before as:

M3 = Mcyl = mr +mrg +mp +mch (4.34)

Similarly, the moving mass of the hydraulic cylinder
M3,m as used in (4.1) is defined as:

M3,m = mr +mp (4.35)

The cylinder mass is dominated by the mass of the
cylinder housing and the piston rod. As some dimen-
sions are not directly related to the load but to the di-
mensions of other components, the total cylinder mass
is not expected to follow the individual trends of the
cylinder components. The mass trends of the complete
cylinder are plotted in Figure 4.13.
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Figure 4.13: Hydraulic cylinder mass trends (loglog)

At lower load ratings the cylinder mass is seen to scale
approximately with:

Mcyl ∝ F 2/3
max (4.36)

At higher load ratings the cylinder mass is approxi-
mately described by:

Mcyl ∝ F 6/5
max (4.37)

Very few catalogue data on symmetric hydraulic cylin-
der mass is available. A single data point is used to
check model results. Trend line validation with more
data points should be performed in further research.

4.3.3 Piping and manifolds

The manifold and piping between the hydrostatic
pump and the hydraulic cylinder transport hydraulic
fluid trough the EHA system. The manifold is a combi-
nation of inlet and outlet connections and valves neces-
sary in the hydraulic circuit. Both pump sides are con-
nected to the manifold. From the manifold two pipes
extend to both the hydraulic cylinder ports. The man-
ifold and pipes enable the pump to pump hydraulic
fluid from one to the other cylinder chamber.
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Pipe sizing

The hydraulic pipes in the EHA should be sized to min-
imize fluid friction losses. The sizing of the hydraulic
flow diameter is already discussed in the sizing of the
hydraulic cylinder housing. To determine the mass of
the pipes, the length and outside radius should be de-
termined.

The length of the piping is proportional to the length
of the actuator. The distance between the hydrostatic
pump and the A port is negligible while the distance
between the pump and the B port is at least as long
as the total actuator stroke. The total length of the
piping is approximated as:

Lpipe = 2 · 0.3 + Ls[m] (4.38)

Two additional pipes of in total 60[cm] are added to
the stroke length of the actuator. These pipes repre-
sent the additional pipe lengths needed to connect the
main pipe to the cylinder and pump. The required pipe
thickness can be calculated according to the pressure
thickness requirements found in the DNVGL standard
[46]:

tp =
pmaxrflow

10σt − 0.5pmax
[m] (4.39)

The mass of the pipes is then given as:

mpipe = Lpipeπ
(

(rflow + tp)
2 − (rflow)

2
)
ρst[kg]

(4.40)

The relative mass of the pipes is expected to be very
small with respect to the total EHA system mass.

Manifold sizing

The EHA manifold houses the connections to and from
the pump and hydraulic cylinder. Inside different
valves are used to connect an external charge pump
needed to compensate leakages and keep the low pres-
sure side on a fixed pressure. Hydraulic manifolds are
custom made components and not much mass and siz-
ing data is available in literature.

The mass of the manifold is difficult to calculate ana-
lytically due to the many variations in its configuration.
The mass of the manifold will be approximated by fit-
ting a curve trough two known manifold masses based
on their matched cylinder properties.

It is reasonable to assume the manifold mass is related
to the maximum fluid flow velocity. As maximum pres-
sure in the EHA system is almost always a fixed value
between 280 and 330 bar, a possible dependency on
the pressure can be neglected. The pipes and valves in
the manifold should have a cross sectional area which

scales linearly with the maximum fluid volume flow to
keep the fluid velocity constant. Therefore the charac-
teristic length value should size with:

l∗ ∝
√
Qmax (4.41)

Here Qmax is given by the product of the cylinder pis-
ton area and the maximum occurring velocity: Qmax =
Apvmax Assuming the manifold scales in three dimen-
sions proportional to the characteristic length, the
mass relation is found as:

mmanifold ∝ Q3/2
max (4.42)

Fitting above relation trough two known manifold
masses and allowing a constant offset parameter, the
following equation is obtained:

mmanifold = 422 + 1.53e5 (Apvmax)
3/2

[kg] (4.43)

The scaling law fit is shown in Figure 4.14. Further
validation of this scaling law with more data should be
performed in later research.
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Figure 4.14: Manifold mass scaling with the hydraulic
cylinder volume.

Pipe and manifold mass

The total pipe and manifold mass M4 as used in (4.8)
is defined as the sum of both component masses:

M4 = mpipe +mmanifold (4.44)

4.3.4 Sizing of the hydrostatic pump

The hydrostatic pump pumps hydraulic fluid between
both cylinder chambers. The pump effectively trans-
forms rotary mechanical energy from the motor to hy-
draulic energy. The main sizing parameter of the pump
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is the volumetric displacement Vg. The volumetric dis-
placement is the geometric internal volume of the pump
chambers and represents the ideal volume of fluid per
revolution which the pump can deliver. The proposed
pump is the fixed pump variable motor (FPVM) pis-
ton pump which uses radial or axial pistons on a fixed
angle swash plate to pump fluid. The volume flow of
the pump is determined by the speed of the pump axle.
The piston pump is a very complex part, properly mod-
elling this pump requires a lot of specific knowledge and
is outside the scope of this research. As catalogue data
of these type of pumps exist, a simple physics based
scaling law can be derived to fit to existing data.

Mass scaling law The main sizing parameter of the
hydrostatic piston pump is the volumetric displace-
ment as stated above. Assuming a constant global
pump density, the mass of the pump is expected to
scale linearly with the pump volume. Another scaling
factor could be the pressure inside the pump, however,
as almost all piston pumps are rated to a pressure of
280[bar], the pressure dependency can be neglected.
The pump mass relation could thus be given by:

mpump ∝ Vg (4.45)

Above stated scaling law can be fitted to manufacturer
data of radial piston pumps. Figure 4.15 shows the
pump masses of various existing radial piston pumps
and the fitted scaling law. The mass of the pump M2

as used in (4.8) is thed defined by the data fit as:

M2 = 0.73Vg[kg] (4.46)

It is important to note that the volumetric displace-
ment Vg is given in [cm3/rev].
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Figure 4.15: Radial pump mass, manufacturer data
and scaling law fit.

The catalogue data in Figure 4.15 is divided in two
categories. The main pump dimensions are labelled

as catalogue data. The manufacturer also offers pump
units with decreased volumetric displacement in pump
casings of higher displacement units. These pumps are
labelled ’non-optimized’ as their mass is proportional
to the maximum volumetric displacement possible with
its case size. The mass scaling law (4.45) is fitted to the
middle three main pump sizes. Those three sizes align
very well with the proposed scaling law. Especially the
largest available pump size is seen to be much heavier
compared to the scaling law with the model underesti-
mating the mass by 20%. A few explanations are pos-
sible. Either this pump size is not optimized for mass,
the same casing would be able to provide a larger vol-
umetric displacement. Alternatively the effective den-
sity of the pump has also a displacement dependency.
Finally, the middle three pump sizes could be under
designed, giving unrealistically low masses effectively
pulling down the fitted scaling law from the physical
expected result. More pump data is needed to check
this. The first explanation is deemed the most reason-
able and the scaling law fit seen in (4.46) is used to
model pump mass. The smallest pump size mass is
also underestimated by 34.5%, here it is reasonable to
assume non modelled fabrication requirements become
more important in small pumps.

Moment of inertia scaling law The radial piston
pump has a substantial part of its mass rotating with
the motor speed of the actuator. As such, the moment
of inertia of the pump is an important parameter in
simulating the actuator. To obtain a scaling law for
the pump inertia, we can build from the mass scaling
law (4.45). The moment of inertia is related to the
mass by:

Ipump ∝Mpumpl
2 (4.47)

Here l is a characteristic length factor. Rewriting the
characteristic length factor in terms of the character-
istic volume, a moment of inertia scaling law can be
given as:

Ipump ∝ V 5/3
g (4.48)

The moment of inertia scaling law can be fitted to man-
ufacturer data of existing radial piston pumps. Figure
4.16 shows the moment of inertia of various radial pis-
ton pumps and the fitted scaling law. The moment of
inertia of the pump I2 as used in (4.8) is than given by
the data fit as:

I2 = 0.1V 5/3
g [kg m2] (4.49)

Again the volumetric displacement Vg is given in
[cm3/rev].
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Figure 4.16: Radial pump moment of inertia, manu-
facturer data and scaling law fit.

Figure 4.16 maintains the same categorization of cata-
logue data as explained with Figure 4.15. The moment
of inertia scaling law is again fitted to the middle three
main pump dimensions. The lower main pump sizes all
follow the fitted scaling law within approximately 10%.
The highest available displacement model is again seen
to deviate from the scaling law. The larger deviation
is due to the higher order relation with the volumet-
ric displacement of the moment of inertia compared to
the mass relation. More pump data is necessary to ex-
plain the reason of this deviation at higher volumetric
displacements.

4.3.5 Hydraulic fluid

Next to the hardware in the hydrostatic transmission,
also the hydraulic fluid has a mass. The mass of the
hydraulic fluid can be calculated by calculating the in-
ternal volume of all hydrostatic transmission compo-
nents. Additional hydraulic fluid to compensate for
fluid leakage is ignored in this calculation.

First, the hydraulic fluid volume of the hydraulic cylin-
der is calculated. The hydraulic fluid volume of the
cylinder is approximately equal to the internal volume
of the cylinder housing minus the piston, piston and
piston rod volume contained by the cylinder housing.
The fluid volume in the cylinder is given by:

Vfluid,cylinder = Ap (Lch − Lp) [m3] (4.50)

Next, the fluid volume in the pipes is determined. The
internal volume of the simplified pipes is given as:

Vfluid,pipes = πLpipe

(
dflow

2

)2

[m3] (4.51)

Finally, the volume in the hydrostatic pump can
be determined. The fluid volume inside the hydro-
static pump can be simplified to equal the volumet-

ric displacement volume of the pump. Therefore
Vfluid,pump = Vg.

The resulting mass of the hydraulic fluid in the system
Mfluid as used in (4.8) is then defined as:

Mfluid = (Vfluid,cylinder + Vfluid,pipes

+ Vfluid,pump)ρhf [kg] (4.52)

Here ρhf is the density of hydraulic fluid.

4.4 Loss model development
Development of a mathematical loss model of the EHA
is needed to determine the energy requirements for a
given actuator on a specific task. The EHA is a lin-
ear actuator which converts electrical power in linear
mechanical power with an intermediate conversion to
hydraulic fluid power. Conversely, the linear actua-
tor can also generate electrical energy due to a linear
mechanical force and velocity input. The EHA is effec-
tively capable of four quadrant operation which means
the actuator can be operated in forward and reverse
motoring mode and in forward and reverse generating
mode. The basics of the motoring regime of an actuator
are widely known. However, the generating regime of
an actuator is a less common concept. In rotary actu-
ators (eg. electric motors), the capability of the motor
to be used as a generator is known. Just as for the
rotary actuators, linear actuators can be back driven
to operate as a generator. By enforcing a force and ve-
locity on the conventional output side of the EHA, the
hydraulic cylinder converts this to a fluid pressure and
volume flow. In the pump the pressure is converted
to a torque and the volume flow is transferred to a ro-
tary velocity of the pump axis. The rotary motor then
delivers electric energy back to the grid.

Back drive ability Back driving is an important
concept in mobile linear actuator applications. In ap-
plications where the load can drive the actuator, back
driving can regenerate the energy of the load to elec-
trical energy which can be stored. When considering
a full cycle of a back drivable actuator, power in the
system is affected twice by the instantaneous efficiency
of the actuator. The instantaneous efficiency of the ac-
tuator is determined by power losses in the power path
of the actuator due to for example friction. When back
driving the actuator, a situation can occur in which the
power losses in the system are higher than the instan-
taneous power delivered to the actuator by the load. In
this case the actuator is self locking, and positive power
is needed from the actuator the facilitate movement
of the load. Actuators which are always self locking
are non back drivable actuators and can never work in
generating mode. Self locking actuators therefore pose
higher requirements on the electrical grid connection.
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In applications where grid power is limited, back drive
ability is very important.

Model approach Modelling the power loss be-
haviour with equations provides a way to compare the
EHA to different actuator solutions for a specific ap-
plication. Using a loss model to determine the losses
for different discretised working points of the actuator
in a task enables the calculation of the required energy
to perform this task. In the subsections below, loss

factors of each EHA component are determined and
modelled based on the working point and component
sizing variables. Different loss models for EHA com-
ponents exist in literature, however these models are
often not ready for use in a simulation based applica-
tion. The used mathematical models and changes to
these models are discussed and the overall loss sensitiv-
ities with respect to the working point are shown. The
list of symbols used in the component loss models is
found in Subsection 4.4.1. Used constants are defined
in Appendix D.

4.4.1 List of symbols

Symbol Explanation Unit
ε Maximum radial deformation of the seal [%]
µhf Kinematic viscosity of hydraulic fluid [m2 s−1]
ω Pump rotational speed [rad s−1]
ρhf Mass density of hydraulic fluid [kg m−3]
Eseal Young modulus of the pressure seal material [Pa]
g Gravitational acceleration constant [m s−2]

Lpipe Total length of the hydraulic pipes [m]
Pcyl Power loss in the cylinder [W]
Ppipe Power loss in the hydraulic pipes [W]
Ppump Power loss in the pump [W]
Pvisc Bearing viscous power loss [W]

Pvolumetric Volumetric power loss in the pump [W]
pδ System pressure [Pa]
δpp Pipe pressure drop [Pa]
Qc Compressibility leakage flow in the pump [m3 s−1]
Ql Laminar flow leakage [m3 s−1]

Qleakage Leakage flow of the pump [m3 s−1]
Qt Turbulent flow leakage [m3 s−1]
rseal Radius of the pressure seal interface [m]
sp contact width of the seal [m]
Tc Coulomb friction torque in the pump [N m]
Tch Churning friction torque in the pump [N m]

Tfriction Total frictional torque in the pump [N m]
Tturb Flow friction torque in the pump [N m]
Tv Viscous friction torque in the pump [N m]
tseal Thickness of the pressure seal material [m]

Vfluid,pipe Fluid volume in the hydraulic pipes [m2]
Vg Volumetric pump displacement [cm3/rev]

4.4.2 Hydraulic cylinder losses

The hydraulic cylinder is the end effector of the EHA.
From the simplified cylinder architecture in Figure 4.7,
several sliding interfaces between the moving cylinder
parts can be identified. These are the linear bearing
and pressure seal on the piston rod and the linear bear-
ing on the piston. Other interfaces exist between the
guide rod and the piston rod, but losses in these inter-

faces are assumed to be negligible.

The bearing and seal interfaces have two types of losses
associated with them. First, friction losses occur due
to the contact of two moving objects. Secondly, as
all interfaces are contacting hydraulic fluid at one or
two sides, hydraulic fluid leakage across these interfaces
would result in volumetric losses. From practical ex-
perience in industry, detectable leakage in a hydraulic
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cylinder indicates a broken cylinder and results in the
replacement of this cylinder. Leakage losses in the hy-
draulic cylinder can therefore be neglected.

Frictional losses in the hydraulic cylinder can be split
in frictional losses of the linear bearings and frictional
losses of the pressure seal. Both loss factors are dis-
cussed and modelled separately below.

Bearing frictional losses

Bearing friction in the hydraulic cylinder occurs in two
locations: on the piston rod bearing and on the piston
bearing. Both bearings are shown in orange in Fig-
ure 4.17. In reality multiple bearing rings of different
stiffness are used in these types of hydraulic cylinder,
here only the stiffest bearing ring is assumed to affect
frictional forces.

Ideally, bearing friction is only dependant on the
preload on the bearings from assembly. However, due
to the slanted orientation of the cylinder, normal force
on the bearings is affected by the actuator mass in-
duced bending moment in the cylinder. As the mo-
ment arm between both bearings is dependant on the
position of the actuator, bearing friction is highly de-
pendent on the position or extension of the actuator.
The bearing friction force is independent of the load-
ing of the actuator as the bearing normal forces are
oriented perpendicular to the load direction.

Figure 4.17: Hydraulic cylinder in slanted orientation

Friction model The bearings of the hydraulic cylin-
der are lubricated by the hydraulic fluid in the cylinder
chambers. As such the friction forces between the bear-
ings and the bearing surfaces follow the properties of
fluid lubricated contacts. The Stribeck curve is ideally
suited to model this type of friction forces [65]. [18] de-

scribes a Stribeck function specifically for determining
losses in sliding contacts.

The use of this model in combination with the position
dependant normal force on the bearings to obtain the
bearing friction force Fbearing,loss is discussed in detail
in Chapter 3.4.1.

The bearing losses are expected to increase with the
extension of the cylinder rod as this decreases the mo-
ment arm between both bearing locations. As the mo-
ment arm is determined by a summation, the trend
relation to the actuator extension is not exponential.
The losses are expected to scale linearly with the veloc-
ity in the normal speed range. At higher velocities the
viscous forces are expected to dominate with Pvisc ∝ v2

and at lower velocities the Stribeck effect shows a small
peak corresponding to the stiction force of the bearings.

Figure 4.18 and 4.19 show the frictional forces of the
cylinder bearings with respect to the actuator position
and velocity respectively.
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Figure 4.18: Cylinder bearing friction - position
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Figure 4.19: Cylinder bearing friction - velocity
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Seal frictional losses

Seal friction in the hydraulic cylinder is very similar
to the bearing friction. Seals are also lubricated by a
thin fluid film from the hydraulic fluid in the cylinder
chamber. As the bearings can be assumed to be much
stiffer compared to the cylinder bearings, the normal
force on the seals can be assumed independent of the
actuator extension. Due to the nature of high pressure
step oil seals, seal friction is also largely independent
of the working pressure in the cylinder.

As the friction of the seals is described by bound-
ary lubrication effects, the Stribeck function used for
the bearing friction and described by [18] is still valid
[159, 80, 182]. As such the seal friction force is ex-
pected to scale linearly with the actuator velocity for
the entire viscous region of the velocity range. As the
normal force on the seals is not influenced by the bend-
ing moment in the cylinder, seal friction forces can
be up to two orders of magnitude smaller compared
to bearing friction forces. The implementation of the
Stribeck friction model to determine the seal friction
force Fseal,loss is explained in Chapter 3.4.1 and Ap-
pendix B.3. Note that the mass dependant normal
force on the bearings of the equations in Chapter 3.4.1
is replaced by the constant normal force on the seal
defined by [18]:

Fn = π (2 (rseal − tseal) + tseal) spσav (4.53)

with σav the average contact pressure of the seal which
is modelled in [91] as:

σav = (2ε+ 0.13)
πEseal

6
(4.54)

Figure 4.20 shows the modelled seal friction force.
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Figure 4.20: Cylinder seal friction force - velocity

The velocity dependant friction force clearly shows the
stick slip behaviour at low velocities and the viscous
friction trend at higher velocities.

Total cylinder losses

The total friction losses in the hydraulic cylinder is the
sum of the seal friction losses Pseal and the bearing fric-
tion losses Pbearing. The cylinder friction power losses
can be expressed as a friction force Fcyl,loss as used in
(4.1) as:

Fcyl,loss = Fseal,loss + Fbearing,loss (4.55)

4.4.3 Hydrostatic pump losses

The hydrostatic pump converts rotary mechanical
power to hydraulic fluid power and vice versa. Just
as any actuator component the hydrostatic pump has
losses associated to its operation. Unlike the hydraulic
cylinder however, the hydrostatic pump has losses both
in the mechanical and in the fluid domain. Figure 4.21
[130] shows the architecture of a typical axial piston
pump. Frictional losses occur in the mechanical inter-
faces between the swash plate and slipper, the slipper
and piston and the piston and cylinder block. Volumet-
ric losses occur due to fluid leakage between the slipper
and piston, piston and cylinder block and between the
cylinder block and the valve plate.

Figure 4.21: Axial piston pump architecture [130].

Losses in the hydrostatic piston pump are less well re-
searched in literature compared to other component
losses. Due to the complex anatomy of the piston
pump, analytical modelling of the pump losses is dif-
ficult without extensive component size models and
implemented design choices. [84] describes an exten-
sive parametric model of the axial piston pump using
detailed sizing parameters. By relating detailed de-
sign parameters to the volumetric displacement of the
pump, loss scaling with pump mass can be determined.
Using known experimental pump efficiency surfaces,
the simplified pump efficiency model coefficients can
be determined. Modelling of the mechanical and volu-
metric losses is discussed separately below.
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Mechanical loss modelling

Friction losses are best described by the frictional mo-
ment in the pump. Various speed dependant friction
losses can be found in the piston pump. Viscous fric-
tion is caused by the resistance of hydraulic fluid to
shear, the resulting friction torque is just as seen in the
hydraulic cylinder linearly related to de pump speed
Tv ∝ ω. Churning friction torque is proportional to the
speed by Tch ∝ ω2 according to [84]. Finally, flow fric-
tion torque can be related to the speed by Tturb ∝ ω−1

[84]. This inverse linear relation can be found by using
an inverse linear relation between the friction factor
and the Reynolds number as is found in laminar flow.
The linear relationship between the Reynolds number
and the fluid velocity translates in the proportionality
above.

Friction losses are also dependant on the pressure dif-
ferential over the pump. Pressure dependant friction
torque is determined by coulomb friction and the flow
friction losses. Coulomb friction is linearly propor-
tional to the normal force and therefore proportional
to the pressure as Tc ∝ p. The flow friction losses are

proportional to the pressure by Tturb ∝ p3/2 according
to [84].

Using the model of [84] and replacing detailed sizing
parameters with volumetric displacement relations, the
following geometry related factors for respectively the
viscous friction loss coefficient, coulomb friction loss
coefficient, churning friction loss coefficient and flow
friction loss coefficient are found:

Kv ∝ V 2/3
g (4.56)

Kc ∝ Vg (4.57)

Kch ∝ Vg (4.58)

Kf ∝ V g2/3 (4.59)

With the model of [84], the frictional torque in the
pump Tpump,loss used in (4.2) is then found as:

Tpump,loss = Kv|ω|+Kcpδ +Kchω
2 +Kf

(
p

3/2
δ

|ω|

)
+ Tl0[N m] (4.60)

Here Tl0 is a constant friction term. The fitting coef-
ficients of the geometry related friction coefficients are
shown in Appendix E.3.
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Figure 4.22: Pump friction torque - Speed (loglog)

The resulting speed related trends in the pump torque
losses are shown in Figure 4.22. Slow speed losses are
clearly dominated by the fluid flow friction while vis-
cous friction and churning friction become dominant at
higher speeds.

Similarly, the pressure dependant pump friction torque
trends are shown in Figure 4.23. Friction torque is al-
most independent of the pressure at low pressures. At
higher pressures first coulomb friction becomes domi-
nant after which flow friction losses define the friction
trend.
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Figure 4.23: Pump friction torque - Pressure (loglog)
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Volumetric loss modelling

Volumetric losses in the piston pump are determined
by fluid leakage between different interfaces of the hy-
drostatic pump. As fluid power is determined by the
product of the volume flow Q and the fluid pressure pδ,
volumetric losses are defined as:

Pvolumetric =
Qleakage

pδ
(4.61)

Multiple factors influence volumetric losses in the
pump. The compressibility of the hydraulic fluid causes
a decrease in the volume of the hydraulic fluid [84] pro-
portional with the pressure Vdecrease ∝ p. The equiv-
alent leakage is therefore proportional to the pump
speed by Qc ∝ ω [84]. The laminar flow leakage trough
the different moving interfaces is proportional to the
pressure by Ql ∝ p [84]. According to [84], the leakage

trough the valve transition notches is turbulent flow
and proportional to Qt ∝ p1/2.

Using the model of [84] and replacing detailed sizing
parameters with volumetric displacement relations, the
following geometry related factors for respectively the
laminar flow loss coefficient, turbulent flow loss coeffi-
cient and compressibility flow loss coefficient are found:

Cl ∝ V −1/3
g (4.62)

Ct ∝ V 2/3
g (4.63)

Cc ∝ Vg (4.64)

With the model of [84], the fluid leakage flow in the
pump Qpump,loss used in (4.2) is then found as:

Qpump,loss = Cl
pδ
µhf

+ Ct

√
pδ
ρhf

+ Ccωpδ +Ql0[L min−1] (4.65)

Here Ql0 is a constant leakage term. The fitting coeffi-
cients of the geometry related leakage flow coefficients
are shown in Appendix E.3.

The resulting speed and pressure dependant volumet-
ric loss trends are shown in Figure 4.24 and 4.25 re-
spectively. At low speeds the leakage flow is almost
independent on the speed, only at higher speeds the
compressibility effects become noticeable. The leakage
proportionality to the pressure can be largely explained
by the compressibility and laminar leakage losses with
the compressibility related leakage dominating in the
operational pressure range.
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Figure 4.24: Pump leakage flow - Speed (loglog)
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Figure 4.25: Pump leakage flow - Pressure (loglog)

Combined pump losses

The combination of mechanical and volumetric losses
result in the total hydrostatic pump losses. The trends
of both types of losses can be combined to obtain the
total pump loss trend. Figure 4.26 and 4.27 show these
combined losses and the main trend lines with respect
to the speed and pressure respectively.
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Figure 4.26: Total pump power loss - Speed (loglog)
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Figure 4.27: figure
Total pump power loss - Pressure (loglog)

The speed dependant losses are dominated by the vol-
umetric losses across the feasible speed region of the
pump. As such the power loss trend is independent of
the speed at low pump speeds and proportional to the
pump speed for higher speeds:

Ppump ∝ ω (4.66)

The pressure dependant losses are dominated by the
mechanical losses at very low operating pressures. At
high pressures the volumetric losses become dominant
giving the power loss relation as:

Ppump ∝ p2 (4.67)

4.4.4 pipe and manifold losses
The power path between the hydrostatic pump and
hydraulic cylinder leads trough the manifold and hy-
draulic pipes. Friction between the hydraulic fluid and

the pipe walls, together with gravity effects result in a
pressure drop across these components. The pressure
drop translates in a power loss.

Pressure drops in the pipes are determined by velocity
dependant pipe friction and by friction due to restric-
tions in the pipes such as the 90 deg bends in the pipe.
Furthermore, the head loss due to gravity should be
taken into account. Pressure drop in the manifold is
assumed to be only affected by the flow resistance in
valves.

Pipe flow resistance is often modelled using the Darcy
Weisbach equations [176]. The implemented equations
are found in Appendix B.2 and can be approximated
with:

δpp,laminar = 9.4e−3Lpipev (4.68)

and

δpp,turbulent = 1.29e−1Lpipev
2 (4.69)

Transition of the laminar and turbulent loss models is
modelled as a fraction of the Reynolds number between
2300 and 4000. The transition is explained in detail in
Appendix B.2.

Losses in the pipe restrictions such as corners and
valves are also derived from Darcy Weisbach. The im-
plemented equations are found in Appendix B.2 and
can be approximated with:

δpr = 1.32e−2v2 (4.70)

The head loss due to gravity is independent of the ve-
locity and can be given as:

δpg = Vfluid,pipeρhfgLpipe[Pa] (4.71)

The total pressure drop in the pipes and manifold
ppipe,loss used in (4.1) is defined as the sum of the in-
dividual pressure drops:

ppipe,loss = δpp + δpr + δpg (4.72)

Figure 4.28 shows the fluid velocity dependant pres-
sure drop trends. At low velocities the gravity induced
head loss dominates. At higher velocities the transition
between laminar and turbulent flow losses can be seen.
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Figure 4.28: Pipe pressure drop trends - fluid velocity
(loglog)

The maximum design velocity of the fluid flow vmax is
explained in Subsection 4.3.2.

4.5 Constraints

Actuator constraints limit the possible actuator config-
urations with physical limits which are not necessarily
imposed by the mass and power loss models. The EHA
is constrained by 4 different constraints which are dis-
cussed below.

Hydraulic cylinder eigenfrequency The hy-
draulic cylinder operates at relatively low frequencies.
However, to ensure the eigenfrequency of the cylinder
is not triggered during operation, actuator configura-
tions with low eigenfrequencies should be constrained.

The eigenfrequency of the hydraulic cylinder is mod-
elled by [56] as a function of the piston area Ap:

ωn = 2Ap

√
βhf

mloadVcf
[rad s−1] (4.73)

Where βhf is the bulk modulus of the hydraulic fluid,
mload is the mass of the load and cylinder combined
and Vcf is the hydraulic fluid volume in the system.
To keep the actuator frequencies far from the cylin-
der eigenfrequency, the constraint is active when the
acceleration profile frequencies are larger than 1/4ωn.

Pump flow Pump flow is determined by the volu-
metric displacement of the pump and the speed of the
pump shaft. The maximum flow in a given pump is
therefore determined by the maximum speed of the
pump. The maximum speed of the pump is limited
by lubrication effects and eigenfrequency of the pump.

[118] models the maximum pump flow with an empiri-
cal relation to the volumetric displacement Vg[cm3/rev]
as:

Qmax = 10.67V 2/3
g [l min−1] (4.74)

Pressure Pressure in the system is a function of the
load on the actuator and the piston area of the cylinder.
Most components of the EHA in practice are rated to
similar pressures, as such the maximum working pres-
sure in the EHA configurations is limited by a fixed
value equal to:

pmax = 330e5[Pa] (4.75)

Motor speed The speed of the motor can not in-
crease indefinitely. Next to the electrical limitations,
motor speed is often limited by the balancing of the
rotor and the resulting high centrifugal forces on the
rotor and bearings. Maximum motor speed of the servo
motors used in high power actuators is assumed to be
constant at:

nmax = 3300[rpm] (4.76)

The majority of the servo motors found in the industry
are rated around this speed.

4.6 Conclusions

This chapter discussed the model development of the
components used in the electro hydrostatic actuator
with exception of the rotary motor driving the actua-
tor transmission. Model development is performed to
obtain mass and power loss models which can facilitate
fast sizing and comparison of different actuator config-
urations against other actuator technologies. New and
adapted existing models to describe the required EHA
parameters are discussed. Furthermore several trends
are found describing the component masses with re-
spect to the load rating and the power loss properties
with respect to the working points of the actuator.

4.6.1 Mass and power loss trends

Mass and power loss trends follow from the various
models discussed in this chapter for every transmission
component. Mass and power loss trends aid in under-
standing general behaviour of the EHA. The dominat-
ing trends found in Sections 4.3 and 4.4 for actuators
capable of delivering 100[kN] and more are repeated be-
low. For the absolute masses and losses the equations
described in these sections should be used as these can
not simply be described by a single proportionality co-
efficient.
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Mass scaling The mass of the hydrostatic transmis-
sion used in the EHA can be approximated by summing
the masses of the hydraulic cylinder, the manifold and
the hydrostatic pump. For load ratings above 100[kN]
the hydraulic cylinder is found to scale approximately
to the load rating according to:

mcyl ∝ F 6/5
max (4.77)

According to the self developed scaling law, the man-
ifold mass scales with the maximum volumetric flow
trough the actuator according to:

mmanifold ∝ Q3/2
max (4.78)

More extensive validation of this scaling law should be
performed in later research. Finally, the mass of the
pump is found to scale linearly with the pump volu-
metric displacement as:

mpump ∝ Vg (4.79)

As the pump also has a rotating part, the moment of
inertia is of importance. The moment of inertia of the
pump is found to scale according to:

Ipump ∝ V 5/3
g (4.80)

As shown, only the hydraulic cylinder scales directly
with the load rating of the actuator. Manifold and
pump masses are very dependant on design choices
with respect to the cylinder area and the pump dis-
placement.

Power loss behaviour Loss behaviour is deter-
mined based on the working point of the actuator.
Power losses of the EHA transmission are found in the
hydraulic cylinder, the hydraulic pipes and manifold
and in the hydrostatic pump.

The power loss scaling law of hydraulic cylinder with
respect to the velocity of the actuator in the major part
of the operating velocity window is found to be:

Pcyl ∝ v2 (4.81)

The power losses in the hydraulic cylinder where found
to be independent of the instantaneous loading of the
cylinder. However, losses in the cylinder are dependant
on the position of the actuator.

The losses in the hydrostatic pump are dependant on
mechanical and volumetric losses. The pressure depen-
dant losses are shown to be dominated by the mechan-
ical losses at low pressures. At higher pressures the
volumetric losses take over giving the loss relation of:

Ppump ∝ p2 (4.82)

With respect to the speed, the pump losses are dom-
inated by the volumetric losses. Only at very high
speeds, the mechanical losses start to dominate. These
speeds are in practice never reached due to eigenfre-
quency and balancing constraints. The speed depen-
dant pump losses are independent of the speed at low
velocities as seen in the volumetric loss trends. At
higher velocities this relation is approximately given
by:

Ppump ∝ ω (4.83)

Finally, the losses in the hydraulic pipes and manifold
are considered. The main loss relations are found with
respect to the speed and dependant on laminar of tur-
bulent fluid flow. During the main operating speed
window, the pipe losses are given as:

Ppipe ∝ ω2 (4.84)

4.6.2 Model use
The developed mass and power loss models describe the
electro hydrostatic actuator assuming quasi static op-
eration. The actuator model is capable of determining
the approximate actuator mass and mean power use
for an arbitrary actuator configuration. These config-
urations are determined by free design variables of the
actuator which are the area of the cylinder piston Ap,
the volumetric displacement of the pump Vg and the
number of pump-motor combinations Np. This last
variable is added to enable redundancy options in the
hydraulic circuit. Further input parameters needed in
the model are the maximum load and speed require-
ments on the actuator, the desired lifetime of the ac-
tuator and a representative time series describing the
normal operation of the actuator in force, velocity, ac-
celeration and position data.

The main purpose of the developed actuator model is
providing a tool which can be used in a preliminary
design tool to find the optimal electro hydrostatic ac-
tuator configurations for a specified application. De-
velopment of a similar actuator model for the electro
mechanical actuator as shown in Chapter 3 enables
comparison of both actuator technologies for a specific
application. As comparison of different high power ac-
tuators is the focus of the developed model, scaling
and power loss trends are more important than the ab-
solute values of the actuator properties. Masses and
losses of smaller peripherals are therefore neglected.
For low power actuators actuator properties are ex-
pected to deviate significantly due to for example the
neglected masses of mounting hardware, cabling and
an additional charge pump in the actuator system.
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4.6.3 Future work
In developing and testing the actuator model, some
model parts are shown to need further improvement
in future model iterations. For the reader interested
in possible follow up research, future work suggestions
are stated here.

The model part with the largest uncertainty is the
model describing the mass of the hydraulic mani-
fold connecting the hydrostatic pump to the hydraulic
cylinder pipes. The hydraulic manifold contains the
various valves and connections to control the addi-
tional flow caused by leakage replenishment and pres-
sure compensation. The mass of this actuator part
is modelled using a physics based scaling assumption
and fit to a single example manifold. Data on existing
manifolds is not readily available in literature and is
therefore very difficult to validate. Development of a
more detailed manifold model describing the different

components in the manifold and their mass properties
is a valuable addition to the developed actuator model.

In general, mass model validation is performed using
manufacturer data of existing components. Power loss
data is generally not available to validate the power
loss models in a similar fashion. The use of existing
sub models found in literature and the physics based
explanation of the loss trends provides a reasonable
prediction of model accuracy. However, experimen-
tal validation of the complete power loss model would
greatly benefit the certainty of the loss model results.

Finally, future research could focus on the model de-
velopment of similar electro hydrostatic actuator im-
plementations within the development framework ex-
plained in this chapter. Other actuator implementa-
tions can then be compared to the electro hydrostatic
actuator based on the fixed pump variable motor strat-
egy.
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Chapter 5

Servo motor modelling

The servo motor of the MEA converts electrical power to mechanical power. In motoring operation the servo
motor drives the actuator transmission by delivering a torque and rotation speed to the axle of the hydrostatic
pump or reduction gearbox of the EHA and EMA respectively. In generating operation, the servo motor is
driven by torque and rotation speed to deliver electrical power back to the grid or an electrical buffer.

Industrial servo motors are often implemented by a permanent magnet synchronous machines (PMSM). The
PMSM technology is known for its high torque to inertia ratio and due to its high efficiency compared to
the most common induction motor technology [96]. Also power density of these type of machines is higher
compared to the induction machine, resulting in a lower mass motor [96]. In literature, also fault tolerant
PMSM architectures are proposed [133, 133] which can operate with only 2 out of 9 phases. The use of fault
tolerant architectures severely reduces the risk of using a single motor to drive the actuator transmission.

Mass and power loss properties of the servo motor in EHA and EMA applications scale according to the same
scaling laws. However, as both actuator transmission types may pose different requirements on the motor for
maximum torque and maximum velocity, modelling the servo motor mass and power losses is a necessary part
to determine the overall properties of the EHA and EMA. The PMSM servo motor is a well known technology,
and different sizing and efficiency models are available in literature. This chapter details how existing models
are combined to model the PMSM behaviour for use in a simulation based actuator analysis.

Model development of the PMSM servo motor is split in two main parts. First the development of a sizing model
is discussed in Section 5.1 with the goal of determining the motor mass for a given application. Afterwards,
the used power loss model of the PMSM is discussed in Section 5.2 and the loss behaviour with respect to the
working point is shown. Note that figures portraying sensitivities in the mass and power loss scaling are shown
on a loglog scale with base 10 for easy identification of the different trends.

5.1 Sizing model development

Development of a mathematical sizing model of the servo motor is necessary for two main reasons; the sizing
model determines the total mass of the motor, and it defines the geometric configuration parameters needed in
the motor loss model. Sizing of the electric motor is based on the rated torque and the thermal requirements
on the motor. The thermal requirements on the motor are governed by the load cycle and influence mainly the
cooling capacity and therefore the static mass of the PMSM. In general, the mass of the PMSM can be split
in the static mass and the rotating mass determining the moment of inertia of the PMSM. The static mass is
mainly determined by the size of the housing, the amount of copper in the windings and the rotating mass. The
rotating mass is determined by the size of the rotor steel and the dimensions of the rotor axle. Sizing model
development is split up in configuration modelling, static mass modelling and rotating mass modelling. These
models are discussed in the sections below. The list of symbols used in the PMSM sizing models is found in
Subsection 5.1.1.
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5.1.1 List of symbols

Symbol Explanation Unit
ρforce Force density of the rotor [N m−2]
ρes Mass density of electrical steel [kg m−3]
fe Maximum electrical frequency [Hz]
Iax Moment of inertia of the rotor axle [kg m2]

IPMSM Total moment of inertia of the PMSM [kg m2]
Irotor Moment of inertia of the rotor [kg m2]
Lax Length of the rotor axle [m]
Lb width of the motor bearings [m]
Lm Core length of the PMSM [m]
Lrotor Length of the rotor [m]
max Mass of the rotor axle [kg]

mPMSM Total mass of the PMSM [kg]
mrotor Mass of the rotor [kg]
nmax Maximum design speed of the motor [RPM ]
p Number of magnetic poles [-]
pp Number of magnetic pole pairs [-]

phase Number of phases used [-]
q Number of stator slots per pole [-]
Q Total number of stator slots [-]
rax Radius of the rotor axle [m]
rrotor Radius of the rotor [m]
tg Air gap width [m]

Trated Rated torque of the PMSM [N m]
Vax Volume of the rotor axle [m3]
Vrotor Volume of the rotor [m3]

5.1.2 Configuration modelling
In designing the PMSM, different configurations are possible depending on the load and speed requirements.
These configurations determine the loss behaviour of the servo motor. The different configuration parameters
necessary for loss modelling in Section 5.2 are determined using existing models from literature. The most
important parameters are discussed here. Models used from literature are discussed in Appendix C.1.1

Number of pole pairs The pole pairs of the PMSM are the electrical poles of the same polarity on opposite
sides of the stator housing. The number of pole pairs are dependant on the maximum electrical frequency
and the maximum rated speed of the machine. The total number of single poles necessary in the machine are
calculated as:

p =
120fe
nmax

(5.1)

The number of pole pairs is exactly half of the number of poles. The number of pole pairs should be an even
number, as such the number of pole pairs is defined as:

pp = ceil
(p

2

)
(5.2)

The possible change in number of poles due to the ceiling function should be compensated with the electrical
frequency. The number of stator slots per pole per phase are then determined according to:

q =
Q

pp
2 phase

(5.3)

The total number of slots in the PMSM are determined with a slots per pole relation. For fast turning servo
applications, a common slots per pole relation is 3/2 [123]:
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Q =
3

2

pp
2

(5.4)

5.1.3 Static mass modelling

The static mass of the PMSM is the total mass of the machine including the machine housing mass, the mass
of al the windings and the rotating mass. The static mass is not only influenced by load requirements, but
also by thermal requirements. A machine capable of outputting a high torque for a long time should have a
high cooling capacity and the associated high mass of the machine housing. Thermal modelling of the motor is
outside the scope of this research. In literature mass properties of the PMSM are well defined and scaling laws
are developed. To give an accurate estimate of the motor mass of servo type motors, a scaling law can be fitted
to known mass data of PMSM servo’s. [30] describes the PMSM mass relation according to:

mPMSM ∝ T 6/7
rated (5.5)

Fitting this scaling law to known mass data of servo type permanent magnet synchronous machines gives the
fitting coefficient to determine the servo motor mass. The total servo motor mass M1 as used in (2.3) and (2.6)
is then given as:

M1 = 1.45T
6/7
rated (5.6)

The raw servo motor mass data from catalogue data is detailed in Appendix C.1.3. The mass fit is shown in
Figure 5.1. The fited scaling law overestimates the motor mass on average by 3.4% with a standard deviation
of ±14.6%.
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Figure 5.1: PMSM mass scaling law fit (loglog)

The rated torque of the machine is assumed to be equal to the maximum occurring torque on the actuator
during normal operation. Short torque requirements above the rated torque are permissible with permanent
magnet synchronous machines. These higher torque requirements can occur in load peaks on the motor.
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5.1.4 Rotating mass modelling

The rotating mass of the PMSM consists of the mass of the rotor and the mass of the rotor axle. The rotor
of the PMSM is made from electrical steel and permanent magnet material to form the magnetic poles. The
rotating mass of the rotor is important as it determines the moment of inertia of the PMSM.

Rotor sizing

Figure 5.2: PMSM simplified rotor geometry and sizing parameters.

Rotor sizing is governed by the shear forces acting on the metal due to the electro magnetic forces in the motor.
Figure 5.2 shows the simplified geometry of the rotor body and its main sizing parameters. The approximate
volume of the PMSM rotor is often determined based on the rated torque and a typical force density factor
ρforce = 20e3[N m−2] [142]:

Vrotor =
Trated
2ρforce

[m3] (5.7)

By assuming the length ratio of the PMSM is defined by L = 2r, the rotor radius can be calculated as:

rrotor =
3

√
Vrotor

2π
[m] (5.8)

Similarly, the effective length of the rotor is defined as:

Lrotor = 2rrotor[m] (5.9)

The core length of the machine takes the effective rotor length in account and allows for an air gap between the
rotor and the motor housing:

Lm = Lrotor + 2tg[m] (5.10)
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Axle sizing

Figure 5.3: PMSM simplified axle geometry and sizing parameters.

The rotor is fixed to the rotating motor axle. The motor axle is connected outside the motor housing to either
the hydrostatic pump of the EHA or the gearbox of the EMA. The axle transfers the torque and speed of the
motor to these components. The motor axle is sized based on the rated torque of the PMSM. Figure 5.3 shows
the simplified geometry of the motor axle and its main sizing parameters.

As the axle should be capable of withstanding the torque induced shear forces, the minimum radius of the axle
rax is determined by shear force requirements. The shear force calculations are shown in Appendix C.1.2 and
are approximated by:

rax = 1.6e−3Trated (5.11)

The axle length can be determined next by assuming a 10cm stick out of the motor axle from the motor housing
and a fixed bearing width Lb:

Lax = Lm + 2Lb + 0.1[m] (5.12)

The total volume of the axle is then given as:

Vax = πr2
axLax[m3] (5.13)

mass properties

The moving mass of the PMSM is the sum of the rotor and axles mass. Both masses can be determined by
assuming a uniform density of both parts. For the rotor mass, this means the density of the electrical steel and
the density of the permanent magnet material are assumed to be equal. The mass of the axle and rotor are
respectively given by:

max = Vaxρst[kg] (5.14)

mrotor =
(
Vrotor −

(
πr2
axLrotor

))
ρes[kg] (5.15)

The volume of the rotor is here corrected for the axle material going trough the rotor. More important than
moving mass of the PMSM is the resulting moment of inertia. The moment inertia of both the axle and rotor
can be simply determined from their respective masses as:

Iax =
1

2
maxr

2
ax[kg m2] (5.16)

66



Irotor =
1

2
mrotor

(
r2
rotor + r2

ax

)
[kg m2] (5.17)

As the moment of inertia for both components is determined around the same axis of rotation, they can simply
be summed to obtain the total moment of inertia of the PMSM:

IPMSM = Iax + Irotor[kg m2] (5.18)

Both the radius of the rotor and the radius of the axle scale with the rated torque due to shear force requirements
as:

r∗ ∝ T 1/3 (5.19)

Using this relation and substituting values in the equations above, the following scaling law for the servo motor
moment of inertia I1 as used in (2.3) and (2.6) is found:

I1 = IPMSM = 2.4e−5T 5/3[kg m2] (5.20)

In Figure 5.4 the modelled moment of inertia of the PMSM is plotted against the moment of inertia of several
existing PMSM servo motors in catalogue data.
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Figure 5.4: Moment of inertia of the PMSM, scaling trends (loglog)

The overall moment of inertia scaling trend is seen to match the catalogue data. However the deviation of the
model results with respect to the catalogue data can reach up to 400%. On average the model overestimates
the moment of inertia by 9.4% with a standard deviation of ±66%. The large spread of the moment of inertia is
largely explained by different possible length ratio’s in the design of a servo motor. The moment of inertia can
be optimized for different applications by changing the length ratio of the machine. The differences in moment
of inertia of the PMSM is explained in a white paper by Schneider Electric [4]. In this report the moment of
inertia is determined according to the fixed length ratio described above.

67



5.2 Loss model development

Development of a mathematical loss model of the PMSM servo motor is needed to determine the energy
requirements for a given actuator on a specific task. Together with the actuator transmission losses determined
in Chapter 3 and 4 for the EMA and EHA respectively, the total power requirements of both actuators can be
determined for each discretized working point in the task time series. Back drivability, as discussed in previous
chapters enables negative power in the system, meaning power can be regenerated by the actuator and delivered
back to the electric grid. Multiplying the discretized power requirements with the time step and summing the
discretized energy requirements of the entire task time series, the total energy usage for a given task can be
determined.

While the motor losses should scale similarly in both actuator applications, the requirements on the motor and
with that the instantaneous losses will differ. As such, the motor losses should be taken into account to compare
both EHA and EMA energy requirements.

The PMSM converts electrical power in mechanical power and vice versa. Subsection 5.2.2 details the transmis-
sion of electrical voltage and current to mechanical torque and rotation speed. In the power conversion, losses
occur in both the electrical domain and in the mechanical domain. Both loss types are modelled below based
on the size of the motor and the working point of the actuator.

5.2.1 List of symbols

Symbol Explanation Unit
ω Rotational speed [rad s−1]
φav Maximum magnetic flux per pole [J]
EMF Electromotive force [V]
fc Instantaneous electrical frequency [Hz]
I Electrical current [A]
Is Instantaneous phase current [A]
kws Harmonic winding factor [−]
Ns Number of stator turns [−]
Pcu Copper losses of the PMSM [W]
PFe Iron losses of the PMSM [W]
Pmech Mechanical losses of the PMSM [W]
PPWM Additional losses of the PMSM [W]
PPMSM Total losses of the PMSM [W]
pp Number of magnetic pole pairs [-]

rrotor Radius of the rotor [m]
Rs Phase winding resistance [Ω]
T Mechanical torque [N m]
u Electrical potential [V]
vr Surface speed of the rotor [m s−1]

5.2.2 Power transmission

Power transmission in the ideal actuator components is 100% efficient. This means the instantaneous electrical
and mechanical power should be equal as:

uI = ωT (5.21)

In the PMSM the rotational velocity of the motor axle is determined by the electrical frequency in the stator
windings. The electromotive force (EMF) and thus the voltage across the motor is also dependant on this
electrical frequency. In finding the transmission properties of the PMSM, some assumptions are made. First,
the motor is assumed to only operate within the constant field strength region. This means the field weakening
region is not considered in the servo motor operation. This assumption is valid as a servo motor should be
capable of delivering high speeds and high torque at the same moment across its entire speed envelope. Next,
we assume electrical losses can be well approximated with root mean square (RMS) current values. As a result,
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it is possible to develop a motor constant for the PMSM based on the EMF generated by the rotating magnets
in the rotor.

The EMF of the PMSM is modelled by [127, 142] as a function of the electrical frequency fc:

EMF =
√

2πfcφavkwsNs[V] (5.22)

The required electrical frequency is dependant on the number of pole pairs and the instantaneous speed of the
motor:

fc =
ppω

2π
[Hz] (5.23)

The magnetic flux per pole φav, harmonic winding factor kws and the number of stator turns Ns are all detailed
in [142] and are explained in Appendix C.1.1.

Assuming a three phase motor and using the transmission ratio (5.21), the required electric current needed to
deliver the instantaneous torque is now defined as:

Is =
Tω

3EMF
[A] (5.24)

Above relations are used to determined the working point dependant motor losses.

5.2.3 Electric losses

The electric losses of the PMSM comprise the copper losses in the windings, the iron losses in the stator steel,
losses due to extra harmonics in the EMF of the motor and some additional losses due to the PWM modulation
of the electrical controller. The electrical losses of the PMSM are modelled in [117]. The corresponding equations
are shown below. The harmonic losses which occur due to the stator slot openings and the rotating rotor are
ignored as they are much smaller then the copper and iron losses. The total electrical losses are defined by the
summation of these individual losses. The different electrical loss components are explained below.

Copper losses The copper losses are the losses associated with the resistivity of the copper conductor used
in the stator windings. Assuming a 3 phase machine, the copper losses can be determined according to:

Pcu = 3RsI
2
s [W] (5.25)

Iron losses The iron losses comprise the eddy current losses and hysteresis losses associated with a rotating
magnetic field. The iron losses can be divided in the stator yoke core losses and the stator tooth core losses
[117]. Both loss factors are determined in [117] according to:

PFe = kFeP15

(
Bc
1.5

)2

mc

(
fc
50

)3/2

[W] (5.26)

Here kFe is an experimental correction coefficient, Bc the magnetic flux strength correction factor and P15 an
experimental power density factor. Values of these parameters are found in [117] and are shown in Appendix
C. mc is the mass of the yoke and stator respectively, the masses of these components are modelled in [117].
The sizing model of [117] is shown in Appendix C.1.1.

Additional losses The additional losses model the losses associated with the PWM modulation in the elec-
trical controller of the PMSM. These losses are taken as a percentage of the total electrical input power in
[117]:

PPWM = 0.015|Pin|[W] (5.27)
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electrical loss trends The total electrical losses are defined by the sum of all loss components. The total
current needed to overcome these losses Imotor,loss used in (2.3) and (2.6) is then defined as:

Imotor,loss =
Pcu + PFe + PPWM

U
(5.28)

Taking into account the copper and iron losses, the working point dependant power losses are expected to scale
with the torque and speed of the motor according to:

PElectrical ∝ T 2 (5.29)

PElectrical ∝ ω3/2 (5.30)

The additional losses are linearly proportional to both the torque and speed of the motor as they are a percentage
of the total power.

Figure 5.5 and 5.6 show the speed and torque dependant loss trends respectively.
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Figure 5.5: Electrical power loss trends - Speed (loglog)
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Figure 5.6: Electrical power loss trends - Torque (loglog)

5.2.4 Mechanical losses
The mechanical losses of the PMSM are mostly found in bearings supporting the motor axle. During operation,
the bearings turn and induce a frictional moment. The product of this frictional moment and the speed result
in a power loss. The rolling frictional moment of the bearings is expected to scale with the motor speed squared
as is found in the modelling of the EMA transmission in Chapter 3.

The mechanical losses of the PMSM are modelled by [127] according to:

Pmech = kρ2rrotor (Lrotor + 0.6τp) v
2
r [W] (5.31)

Here kρ is an experimental loss factor determined in [127]. vr is the surface velocity of the rotor which is defined
as:

vr = ωrrrotor (5.32)

The other parameters are geometry related. [117] describes a model for these parameters as shown in Appendix
C.1.1.

The mechanical losses in the PMSM can be expressed as a friction torque Tmotor,loss used in (2.3) and (2.6) as:
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Tmotor,loss =
Pmech
ω1

(5.33)

5.2.5 PMSM loss trends
The losses of the PMSM are expected to be dominated by the electrical loss factors with respect to both the
operating speed and torque. As such the power relations found in Subsection 5.2.3 should largely explain the
PMSM losses. Figure 5.7 and 5.8 show the total PMSM loss trends with respect to the speed and torque
respectively.
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Figure 5.7: PMSM power loss trends - Speed (loglog)
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Figure 5.8: PMSM power loss trends - Torque (loglog)

The total PMSM loss trends largely resemble the electrical loss trends shown in Figure 5.5 and 5.6. The speed
dependant losses also show the mechanical loss factor. However, the mechanical losses only start to dominate at
motor speeds much above the eigenfrequency and balance limit of existing motors. The dominant speed trend
in the operating region of the motor is linear:

PPMSM ∝ ω (5.34)

The loss trends with respect to the torque are not influenced by the mechanical losses. the trend lines correspond
completely to the electrical loss factors.
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Chapter 6

High power linear actuator properties in
hexapod applications 1

Abstract
Electro mechanical and electro hydrostatic linear actuators are often used for different actuation applications
up to 45 kW maximum output power. For applications requiring higher power output, the advantages of one
over the other technology become unclear. Existing research clearly shows benefits of both technologies over
conventional hydraulic actuation. This chapter compares both actuator types on power losses and mass for a
specific high power application. Mathematical models are used to perform preliminary actuator sizing and to
simulate application dependent actuator losses. A case study is performed to evaluate both actuator technology
properties on a specific application.

6.1 Introduction

Figure 6.1: Ampelmann A-type crew transfer gangway
(Ampelmann Operations B.V.)

Linear actuators are devices capable of converting elec-
trical energy to linear mechanical energy. Often a
rotary motor is used to drive a rotary to linear hy-
draulic or mechanical transmission. Current develop-
ments in various technical fields concerning actuation
are focused in a large part on efficiency. Efficiency is
often important with respect to environmental consid-

erations; achieving more with less environmental costly
resources. Increased efficiency however also has a finan-
cial consequence by lowering operating costs. Similarly,
reducing actuator mass can impact operational costs
directly. Especially in mobile actuator applications,
system mass footprint becomes an important factor in
the total payload capacity of the carrying vessel and
therefore on the productivity of the vessel trip. Next
to financial consequences, mass of the actuator is often
an important factor in stability of the carrying vessel.

This chapter focusses on linear actuators of hexapod
steward platforms which are capable of power output
with an order of magnitude of 105 Watt. An exam-
ple of such a system is the Ampelmann A-type crew
transfer gangway shown in Figure 6.1. These systems
use six linear actuators to compensate vessel motion
and create a still standing platform from which off-
shore crew can be transferred between the vessel and
a fixed structure.

Linear actuators in high power applications are often
dominated by conventional hydraulic technology. Con-
ventional hydraulics are known for their high loss fac-
tors with maximum system efficiencies ranging around
35% [100, 180]. In the aviation industry, a develop-
ment called the more electric aircraft (MEA) found
that electro hydrostatic actuators (EHA) and electro
mechanical actuators (EMA) both offer significant ad-

1This chapter is based on the draft paper provided in Appendix F.3
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vantages on both system efficiency [22, 33, 128] and
reduced actuator mass [22, 41, 128, 163].

Both EHA and EMA are driven by an electric rotary
machine to convert electrical energy in rotary mechan-
ical energy. The EHA uses a hydrostatic transmission
with a pump and hydraulic cylinder to obtain a lin-
ear force and velocity. Similarly, the EMA uses an
(optional) gearbox and a screw mechanism to obtain
the same linear force and velocity output. Both tech-
nologies have specific properties, however comparison
between both options is lacking for high power appli-
cations in literature. Figure 6.2 from a preceding lit-
erature review (Appendix G) shows various actuator
studies found in literature ranked on their maximum
output force and velocity. Existing literature is seen
to exist on EMA and EHA for power levels up to ap-
proximately 45kW. For higher power levels, existing
research is lacking and no clear benefits of one over the
other technology are defined. To further the knowl-
edge in the use of EHA and EMA linear actuators for
high power applications fundamental actuator scaling
properties are defined in Chapter 3 and 4 respectively.

In this chapter, the scaling and power loss models de-
veloped in these chapters are used to make a prelimi-
nary design tool to compare EMA and EHA actuator
mass and efficiency properties for specific high power
applications. The focus of this chapter is on actuators
for use in a sea motion compensating steward platform,
however actuator properties and efficiency models are
applicable to a multitude of high power actuation ap-
plications. The focus on a specific actuator applica-
tion is necessary as operating regimes determine the
power loss behaviour of the actuator. Actuator prop-
erties are determined with a simulation type approach.
To ensure the optimal actuators of both technologies
are compared, an optimization algorithm is used to de-
termined the actuator configurations. The developed
preliminary design tool is included in Appendix E.4.
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Figure 6.2: Existing actuator studies in literature
ranked on maximum output force and velocity (Ap-
pendix G).

Reading guide To aid the reader in finding the con-
tents of their interest in this chapter, this reading guide
provides the general structure of the chapter. First the
research method is discussed in Section 6.2. The gen-
eral actuator properties as defined in Chapter 3 and 4
are summarised and discussed in Section 6.3. A case
study using the developed preliminary design tool is
performed to find the linear actuator properties for a
high power linear actuator application in Section 6.4.
Finally, the conclusions from this research are shown
in Section 6.5.

6.2 Method

6.2.1 Actuator description

Figure 6.3: General components of the MEA

To develop a high power linear actuator preliminary
design tool, the working of the linear actuator should
be discussed first. For brevity the EHA and EMA can
be described as a single type of linear actuator called
the more electric actuator (MEA) in line with the ex-
isting naming convention in the aviation industry. The
MEA has three major components which are visualized
in Figure 6.3. The electric servo motor (A) is a univer-
sal component which can be considered equal in both
the EHA and EMA. The motor is often implemented
by a permanent magnet synchronous machine (PMSM)
capable of four quadrant operation [44, 96, 174]. Con-
nected to the motor is an intermediate stage (B). This
actuator part is needed to convert the rotary mechan-
ical power from the motor to a form which can be
used by the end effector (C) of the actuator. In the
EMA, this intermediate stage is found in the form of
an (optional) reduction gearbox reducing the output
speed and increasing the output torque of the motor
towards the end effector side. The EHA uses a hydro-
static pump to convert the rotary mechanical power
to fluid power. The end effector (C) is the actuator
part which transfers the actuator power to the load.
In the EMA the end effector is implemented as a me-
chanical cylinder with a screw mechanism inside. The
EHA makes use of a hydraulic cylinder to drive the
load. The simplified general operational principle of
both actuators is explained below.
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EHA operation In the EHA, the servo motor drives
the hydrostatic pump with a defined torque and speed.
The hydrostatic pump in its turn pumps fluid around
in a closed loop system resulting in a volumetric flow
and pressure. This closed loop system consists of the
A and B chamber of the hydraulic cylinder and the
hydraulic pipes connecting the pump to the hydraulic
cylinder. Fluid flow in the cylinder chambers results
in a linear movement of the actuator. The pressure
difference between both cylinder chambers results in a
net force on the piston which is transferred to the load.

EMA operation Similarly in the EMA, the servo
motor drives a gearbox with a defined torque and
speed. The gearbox has helical gears inside to reduce
the outgoing speed by a gear ratio factor. Ideally the
outgoing torque is increased by this same gear ratio.
The gearbox output shaft in turn drives a mechanical
cylinder screw. The screw mechanism in the mechan-
ical cylinder transfers the delivered torque and speed
to a linear force and velocity by a screw transmission
ratio.

Actuator components

The PMSM of the MEA is a widely known and re-
searched component [42, 44, 96, 117, 127, 135, 142].
This is also the case for the reduction gearbox of the
EMA and hydraulic cylinder of the EHA. For brevity,
these components will not be explained in detail. The
hydrostatic pump of the EHA and mechanical cylinder
of the EMA are less known and are explained below.
Description of the different EMA and EHA transmis-
sion components is found in Chapter 3 and 4 respec-
tively. The PMSM is discussed in Chapter 5.

EHA hydrostatic pump The EHA uses a hydro-
static or positive displacement pump to pump fluid be-
tween the cylinder chambers of the hydraulic cylinder.
Various implementations of the hydrostatic pump ex-
ist in literature. The piston pump is however the most
promising solution for high pressure systems such as
the EHA [92, 158]. A distinction between axial and ra-
dial piston pumps is not made in this chapter. Figure
6.4[130] shows a cross section of a typical axial piston
pump.

The pump has a rotating cylinder block and a station-
ary swash plate. The slippers on the swash plate force
the pistons to move in and out the cylinder block dur-
ing rotation. As such, hydraulic fluid is pumped from
the low to high pressure side of the pump. This chapter
assumes a fixed displacement pump meaning the swash
plate angle is constant and the motor speed determines
the volumetric output. An alternative is a variable dis-
placement pump in which motor speed is constant and
the variable swash plate angle changes the volumetric
output.

Figure 6.4: Axial piston pump main components [130].

Figure 6.5: Mechanical cylinder architecture

EMA mechanical cylinder The EMA mechanical
cylinder substitutes the hydraulic cylinder of the EHA.
The cylinder is a combination of a screw mechanism
and a protective housing. The general architecture of
the mechanical cylinder is shown in Figure 6.5. The
cylinder housing ensures the screw mechanism is pro-
tected against lateral forces and the outside environ-
ment. The actual power transmission is performed by
the screw mechanism. This screw mechanism transfers
rotary mechanical power to linear mechanical power.

Figure 6.6: Planetary roller screw components and in-
teraction.

The screw mechanism in this study is implemented by
a planetary roller screw (PRS). Planetary roller screws
are optimally suited for high load high velocity appli-
cations [98, 162] and are known for their high efficiency
[167]. Figure 6.6 shows the main parts of the PRS. The
screw is driven with a speed and torque from the con-
nected gearbox. The rotation of the screw results in
rotation and translation of the contacting rollers. The
rollers in turn contact the rotationally fixed nut caus-
ing a translation of the nut along the screw axis. The
rollers effectively form a virtual thread between the
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screw and nut. The numerous contact points between
the screw, rollers and nut result in a high load rating.
The virtual thread created by the rollers decreases fric-
tional losses significantly compared to the power screw
and ball screw [167]. Additional gears and a gear-ring
are added on the rollers and nut respectively to elimi-
nate slip between both components [167].

6.2.2 General model strategy

Comparing the EMA and EHA for a specific applica-
tion requires both the mass and energy losses of each
proposed actuator for the specified application. In this
chapter actuator properties are determined analytically
using the mathematical models developed in Chapter
3 and 4.

Figure 6.7: Actuator modelling scope

Actuator system properties are influenced by several
peripherals. To be able to find the effect of the linear
actuator technology itself, the modelling scope is lim-
ited to the actual actuator. Figure 6.7 visualises the
modelling scope in the total actuator system. Power
delivery to and from the actual actuator is assumed
100% efficient and masses of components outside the
scope are neglected. As such, possible inertial forces on
the actuator due to movement of its mounting frame
are also neglected.

The EMA and EHA in this study are compared based
on their mass (sizing) and power loss properties. Siz-
ing the actuator has a large influence on the power
losses, both properties are therefore inter dependent.
Different sizing options of the actuator components are

possible, as such the preliminary design is an optimiza-
tion problem. The MEA should be optimized for both
efficiency and mass of the actuator. As these opti-
mization objectives not necessarily result in the same
actuator design, multiple optimized actuator designs
for the same actuator requirements can be found. A
good way to portray multiple optimization solutions
for two objectives is the use of a Pareto optimal front.
Such a front portrays the most optimal actuator solu-
tion for different objective weight factors. By creat-
ing these Pareto optimal fronts for both the EHA and
EMA, the optimal actuator solution for both criteria
can be determined. The general optimization approach
is portrayed in Figure 6.8.

Figure 6.8: Actuator model approach.

In Figure 6.8 the optimization parameters are changed
by the optimization script to find the actuators with
the lowest mass and lowest task specific energy losses.
A list of optimization parameters per actuator is found
in table 6.1. Note that the number of pumps in the
EHA optimization parameters is only added to allow
redundant design comparisons. As such this parame-
ter is not a real optimization parameter. Each run with
different optimization parameters results in an actua-
tor mass and task specific energy loss. Actuator so-
lutions on the Pareto optimal front are shown as blue
dots in Figure 6.8. These actuator solutions can no
longer decrease one objective without increasing the
other objective. Actuator requirements and the task
specific time series remain constant in the optimization
process. The models portrayed by the boxes ’Actuator
sizing model’ and ’Actuator loss model’ are described
in Subsection 6.2.3.

Table 6.1: Optimization parameters of the EMA and EHA

EMA EHA
Symbol Description Symbol Description

ls Lead of the screw Ap Area of the cylinder piston
rr Radius of the rollers Vg Geometric volume of the pump
Ns Number of screw thread starts Np Number of pumps
Rg Gear ratio of the reduction gears
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Running the actuator model of Figure 6.8 for all pos-
sible optimization parameter combinations is very in-
efficient. The optimization process is therefore per-
formed by an optimization algorithm. The opti-
mization algorithm used in this study is the multi-
objective feasibility enhanced particle swarm optimiza-
tion (MOFEPSO) by [147]. The use of a particle swarm
optimization method ensures non-continuous models
can be used. Furthermore, by first calculating con-
straints to evaluate feasibility, the number of function
evaluations is decreased significantly. The drawback of
a non gradient based optimization strategy is the opti-
mized results are not guaranteed to portray the abso-
lute optimum. Results on the Pareto front are expected
to show some variation depending on the starting con-
ditions of the simulation. As results of this optimiza-
tion are preliminary actuator designs, this is a reason-
able trade of for a robust optimization algorithm.

6.2.3 Actuator model
The overall actuator model discussed in the previous
paragraph and shown in Figure 6.8 portrays the actu-
ator sizing model and actuator loss model as black box
input output models. Here these model parts are ex-
plained in more detail. To understand both sizing and
loss calculations on the MEA, first the power relations
between various actuator parts should be explained.
The power relations between the three actuator parts
of the MEA are visualized in Figure 6.9 and 6.10 for
the EMA and EHA respectively. Actuators are sized

according to requirements posed on the actuator load
side. Similarly, input power is determined as a function
of load side power requirements. Therefore information
on the load side can be regarded as known and F , v and
v̇ can be deemed the input parameters of the actuator
model.

Figure 6.9: Power relations between EMA actuator
parts.

Figure 6.10: Power relations between EHA actuator
parts.

Above power relations can be described in mathemat-
ical equations. As an example the linearised mathe-
matical power relations for the EMA are given as:
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Equations for the EHA can be described in a similar
fashion but are not shown for brevity. All coefficients
Cxx related to the actuator velocity terms represent the
transmission ratio linking the velocity terms of differ-
ent actuator components. All force related coefficients
represent the inverse of this transmission ratio. In ideal
conditions the power relations of the actuator are de-
scribed only by these transmission ratio’s. In practice,
the power transmission is affected by inertia effects and
losses in the system. Losses are represented by the dif-
ferent loss factors in the transmission parts. In form
closed actuator parts such as the EMA transmission,
losses only influence the force related terms directly.
In actuator parts such as the EHA hydrostatic pump,

loss factors are also added to the velocity terms due to
leakage losses. The definitions of the various transmis-
sion coefficients are defined in Chapter 3 and 4 for the
EMA and EHA respectively.

Power losses Losses of the actuator parts are depen-
dent on the working point of the actuator part. Hence
both force and velocity related parameters influence
instantaneous loss magnitude of the actuator part. As
losses influence the working point of the upstream con-
nected actuator part, losses at the end of the power
path have a large influence on the total instantaneous
power needed by the actuator. The power path is di-
rected from the servo motor to the load in motoring
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operation and from the load to the servo motor in gen-
erating operation.

In linear actuator applications where a load is moved
around but starts and ends in the same location, no net
work is delivered. In these applications, power enters
the system on the motor side where it is transported
trough the actuator transmission to the load. At some
point in the operational cycle, this power is directed
again from the load to the motor side of the actuator.
Power therefore travels two times trough the actuator,
and is affected twice by the power losses of the actu-
ator. In applications where no net work is delivered,
energy use is only defined by the losses in the system.
The power losses of the EMA and EHA transmission
are detailed in Chapter 3 and 4 respectively.

Actuator sizing Sizing of an actuator part influ-
ences losses of this actuator part but is also influenced
by the losses of the connected actuator parts. Losses
in the end effector and intermediate stage for exam-
ple should be compensated by the servo motor, hence
increasing the load requirements on that actuator com-
ponent. Sizing of actuator parts is mainly determined
by the maximum force requirements on the actuator.
For axial loaded parts dimensions are determined by
buckling and yield requirements. Rotating parts have
an additional requirement on shear strength while hy-
draulic parts are also sized for pressure requirements.
The main objective of sizing the different actuator com-
ponents is finding the mass of an arbitrary actuator
configuration. The mass of the MEA is simplified in
this report to consist of the masses of its main com-
ponents. Masses of mounting hardware and additional
peripherals are ignored with this approach. A detailed
description of the sizing models for both the EMA and
EHA are given in Chapter 3 and 4 respectively.

6.3 General Actuator properties

The model described in Section 6.2 results in a Pareto
optimal front of optimized actuators for a specific ap-
plication. To understand the results of the actuator
models, the general sizing and power loss relations
found in Chapter 3, 4 and 5 are summarized and com-
pared first. The relative influence of each actuator
component is determined next.

6.3.1 General sizing relations

Both the EMA and EHA size with their free design
variables and the actuator requirements. The sizing
relations of each actuator part of the EMA and EHA
are defined separately in Chapter 3, 4 and 5. In general
the MEA actuator can be split in three main parts as
discussed in Subsection 6.2.1: The electric servo mo-
tor, an intermediate transmission stage and the end
effector. The electric servo motor is similar in both ac-

tuators, however the scaling trends of the intermediate
transmission stage and the end effector can vary. The
sizing relations found for these components in Chapter
3 and 4 are compared below.

Intermediate transmission stage The intermedi-
ate transmission stage represents the reduction gearbox
in the EMA transmission and the hydrostatic pump in
the EHA transmission. The gearbox scales with the
maximum torque on the gearbox axles. In Chapter 3
the gearbox mass is seen to be dominated by the en-
closure mass for lower torque ratings and by the gear
pair mass for higher torque ratings. In the region of
interest for high power linear actuators with an output
force with an order of magnitude of 105[N], the enclo-
sure mass is still dominant and the mass scaling trend
is defined as:

mgearbox ∝ T 1/2
max (6.4)

Contrary to the gearbox mass, the mass of the hydro-
static pump is found to scale with respect to the volu-
metric displacement of the pump as:

mpump ∝ Vg (6.5)

The displacement of the pump has no direct relation
to the actuator load rating but is rather an optimiza-
tion parameter in the design of the hydrostatic trans-
mission. Additionally, the intermediate transmission
stage mass of the EHA transmission is also determined
by the mass of the hydraulic manifold. This compo-
nents is expected to scale with the maximum flow rate
as:

mmanifold ∝ Q3/2
max (6.6)

As such, the mass of the EHA transmission is also de-
pendant on the maximum design velocity of the actu-
ator.

End effector The end effector of the MEA actua-
tor is the final transmission part in the actuator which
delivers a linear force and velocity to the actuator con-
nected load. The end effector represents the mechani-
cal cylinder in the EMA transmission and the hydraulic
cylinder in the EHA transmission. The mechanical
cylinder mass is expected to scale with the load bear-
ing components. Load bearing components are loaded
with tension and compression forces. The leading fail-
ure criteria within the load region of interest is yield
strength of the material, resulting in a mass relation
of:

mmechanical−cylinder ∝ F (6.7)
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The hydraulic cylinder mass is also determined by load
sizing the load bearing parts. Next to the tension and
compression forces, the cylinder is also sized to with-
stand the hydraulic fluid pressure. The resulting mass
trends are found for low and high load ratings respec-
tively as:

mhydraulic−cylinder ∝ F 2/3 (6.8)

mhydraulic−cylinder ∝ F 6/5 (6.9)

The transition point of both scaling trends is depen-
dant on the stroke length and piston area of the cylin-
der.

6.3.2 Component power loss relations
Similar to the mass relations, power losses of the differ-
ent MEA actuator parts are defined by different phys-
ical properties. The power losses are modelled sepa-
rately for the EMA and EHA components in Chapter
3 and 4 respectively. The motor losses scale with the
same physical properties in both actuator types. The
power loss trends are compared for the intermediate
transmission stage and the end effector below. Figures
in this Subsection are shown on a loglog scale with
base 10 to highlight the different trend lines found in
the losses.

Intermediate transmission stage The intermedi-
ate transmission stage losses are found in the gearbox
and hydrostatic pump of the EMA and EHA respec-
tively. Gearbox losses are mainly caused by mechan-
ical friction while pump losses are mainly determined
by leakage losses.
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Figure 6.11: MEA intermediate losses - Force (loglog)

Figure 6.11 shows the combined intermediate loss prop-
erties of both actuator types with respect to the actu-
ator force. At higher actuator forces the EMA power
loss is almost linearly proportional to the force while

the EHA power loss has a proportionality close to
PEHA,int ∝ F 2 indicating dominant leakage losses.
Losses at low forces are dominated by non-load related
losses in both actuators.

Similarly, the combined intermediate loss properties
with respect to the actuator velocity are shown in Fig-
ure 6.12. In general, the intermediate losses of the
EMA should be lower at high velocities compared to
the EHA.
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Figure 6.12: MEA intermediate losses - Velocity
(loglog)

End effector The end effector of the MEA is a cylin-
der type transmission which is capable of delivering a
linear force and velocity to the load. The end effec-
tor is implemented by either a mechanical or hydraulic
cylinder in the EMA and EHA respectively. Losses in
both end effectors are defined by friction losses.

The friction in the hydraulic cylinder is found in the
linear bearings and pressure seals. The friction force in
the bearings and seals is independent of the axial load-
ing of the actuator and approximately proportional to
the velocity squared due to the viscous behaviour of
the lubricated contacts.

The friction forces in the mechanical cylinder are more
complex. The mechanical cylinder also has linear bear-
ings which result in frictional losses. However friction
losses are also related to the PRS mechanism inside the
cylinder. The rolling frictional losses in the PRS scale
with:

Prolling ∝ F 1/2 (6.10)

Prolling ∝ v8/5 (6.11)

The rolling frictional loss trend however decreases sig-
nificantly at higher velocities due to a decreased lubri-
cation film thickness as explained in Section 3.4. Fig-
ure 6.13 and 6.14 show the force and velocity related
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loss trends of both end effectors. Shown losses are nor-
malised with the input power of the end effectors.
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Figure 6.14: MEA cylinder losses - Velocity

The force related losses of the EHA are constant as
friction forces are not dependant on the force. Their
relative magnitude hence decreases fast with increas-
ing power output. The EMA losses are much higher as
is expected with the power losses from the rolling con-
tacts of the PRS. The velocity dependant losses of the
EHA are largely defined by viscous friction behaviour.
As such the relative losses increase linearly with the ve-
locity. The loss magnitude of the EMA is much higher
and only decreases at high velocities due to a decreased
lubricating fluid film thickness.

6.4 Case study
The actuator mass and loss properties are very depen-
dant on design choices in the actuator design and to
the application specific tasks. The preliminary design
model described in Subsection 6.2.2 is developed to
implement design choices and application specific re-
quirements in determining the EMA and EHA actua-

tor properties. To show the results of this tool, a case
study is performed on a linear actuator used in a mo-
tion compensation hexapod platform.

Actuator requirements The example actuator is a
linear actuator for use in a hexapod motion platform.
An example of such a platform is the Ampelmann A-
type offshore crew transfer gangway as shown in Figure
6.1. Actuators in this platform connect a moving ship
with a gangway structure. During operation, the actu-
ators compensate the motion of the ship to create a still
standing gangway with respect to bottom founded off-
shore structures. As the ship motion is wave induced,
the compensating motion and forces are largely sinu-
soidal. Actuators should be capable of delivering forces
in an order of magnitude around 104[N] at a maximum
velocity with order of magnitude 100[m s−1]. To eval-
uate the mean power requirements of the actuator, an
example task time series representing a wave motion
compensating operation of a load is used. The normal-
ized task time series is shown in Figure 6.15
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Figure 6.15: Normalized example task, velocity and
force time series

The exact actuator requirements and task time series
for this application are shown in Appendix E.

6.4.1 Actuator configurations

The preliminary design model can be run for both the
EMA and EHA actuator. The result of the prelimi-
nary design model are two Pareto optimal fronts, show-
ing the optimal actuator designs for both technologies
plotted on their system mass and mean power use for
the given task. The model results are shown in Figure
6.16.
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Figure 6.16: Optimized MEA configurations

When comparing the optimized configurations of the
EMA and EHA, a clear difference is seen. The EMA
configurations have a much lower mass compared to
the EHA configurations. In contrast, the EHA config-
urations can reach a much lower mean power use for
the same task compared to the EMA configurations.
Both the EMA and EHA have more mass optimized
and more efficiency optimized configurations. To bet-
ter understand the configuration details, the optimized
design configurations are discussed for the EMA and
EHA below. The neutral design configurations for both
the EMA and EHA are compared in Subsection 6.4.2.

EMA design properties

The EMA configurations show large variability in the
mean power use while showing only minor variation in
the total actuator mass compared to the EHA config-
urations. Due to the inherent properties of the Pareto
optimal front, increasing mass properties result auto-
matically in decreasing efficiency properties. As such,
the design configurations can be discussed with respect
to a single objective. The EMA configurations are
shown separately in Figure 6.17 for clarity.
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Figure 6.17: Optimized EMA configurations

The EMA configurations are optimized with respect to
four design parameters. These are the lead of the PRS
screw ls, the radius of the PRS rollers rr, the number
of thread starts on the PRS screw Ns and the gear ra-
tio of the gearbox Gr. The optimization parameters
in the different optimized configurations are shown in
Figures 6.18 to 6.22. To understand the limiting fac-
tors of the EMA configurations, the constraints on the
actuator are shown in Figure 6.23 and 6.24.
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Figure 6.18: Screw lead configurations

Screw lead Increasing the RPS screw lead shows in-
creasing actuator masses. The increasing screw lead
means slower rotation of the screw and therefore higher
torque requirements. Both the gearbox and servo
motor masses increase significantly due to these high
torque requirements while the mass of the mechanical
cylinder is unaffected. The larger screw leads however
mean the back driving efficiency of the PRS becomes
higher and rolling frictional losses decrease due to the
lower speeds. As such the mean power usage of the
EMA decreases.
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Figure 6.19: Roller radius configurations

Roller radius The radius of the PRS rollers has a
less clear correlation to the optimization objectives.
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The ratio between the screw radius and the roller ra-
dius defines the true transition ratio of the PRS mech-
anism with respect to the screw lead. In combination
with the lead of the PRS screw, the roller radii choice
becomes clear as it smooths out the transmission ratio
trend as can be seen in Figure 6.20.
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Figure 6.20: Total PRS transmission ratio configura-
tions
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Figure 6.21: Number or thread starts configurations

Thread starts The number of thread starts on the
PRS screw are limited by the upper bound on this op-
timization parameter. The number of thread starts
also influences the transmission ratio of the PRS screw.
More thread starts however also increase the number
of contact points in the PRS decreasing the contact
pressure. The number of thread starts are limited by
fabrication requirements which are implemented as a
fixed number in this model.
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Figure 6.22: Gear ratio configurations

Gear ratio The gear ratio in the reduction gearbox
determines the speed to torque ratio between the PRS
screw and the servo motor. From the transmission ra-
tio of the PRS screw trend above, the maximum speed
of the screw is seen to increase with increasing mass
and thus decrease for increasing efficiency of the actu-
ator. Increasing the gear ratio with decreasing speed
requirements on the screw means the motor speed re-
mains approximately constant. Similarly, the required
torque of the servo motor is kept low to keep the servo
motor mass down. The gear ratio is limited to a max-
imum of 5 as only a single gear stage is used.
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Figure 6.23: Motor speed constraint

Motor speed constraint The motor speed of the
servo motor is limited by the eigenfrequencies of the
motor components and by the balancing of the rotor.
The speed constraint on the servo motor is imposed
as a fixed speed value. In general the motor speed is
kept close to the maximum speed limit and only starts
dropping in the region where the gearbox ratio can not
be increased further. Keeping the motor speed high re-
sults in lower torque requirements on the motor. Low
torque requirements result in smaller motors and lower
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copper losses.
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Figure 6.24: Screw eigenfrequency constraint

Eigen frequency constraint Just as the maximum
motor speed is limited also the maximum speed of the
planetary roller screw is limited by the eigenfrequency
of the screw. The eigenfrequency is dependant on the
length of the screw and the diameter of the screw.
The maximum screw speed requirement is dependant
on the actuator velocity and the mechanical cylinder
transmission ratio. Decreasing the mass of the EMA is
clearly limited by the eigenfrequency of the screw.

EHA design properties

The EHA configurations show a higher actuator mass
in general, however mean power of the EHA can be
much lower compared to the EMA configurations. The
design configurations of the EHA can be discussed with
respect to a single objective again due to the proper-
ties of the Pareto front. The EHA configurations are
shown separately in Figure 6.25 for clarity.
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Figure 6.25: Optimized EHA configurations

The EHA configurations are optimized with respect to
two design parameters. These are the hydraulic cylin-
der piston area Ap and the volumetric displacement of
the pump Vg. The optimization parameters in the dif-
ferent optimized configurations are shown in Figures
6.26 and 6.27. To understand the limiting factors of

the EHA configurations, the constraints on the actua-
tor are shown in Figure 6.28 to 6.31.
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Figure 6.26: Piston area configurations

Piston area The mass of the EHA is seen to de-
crease with a decreasing piston area (see Figure 6.26).
Conversely, the efficiency of the EHA increases with a
larger piston area. A larger piston area means lower
system pressures and a larger fluid flow. The large
flow requirements however leads to a large pump and
large cylinder, hence increasing the system mass. The
decreased pressure also results in lower torque require-
ments on the motor, hence decreasing the copper losses.
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Figure 6.27: Volumetric displacement configurations

Volumetric displacement Increasing the piston
area of the hydraulic cylinder requires a higher flow
rate from the pump. As such, the volumetric displace-
ment increases with the increase in piston area. Again,
the mass is expected to increase due to the larger pump
while the efficiency increases as force related losses de-
crease.
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Figure 6.28: Cylinder eigenfrequency constraint

Cylinder eigenfrequency constraint The hy-
draulic cylinder has a natural frequency depending on
the piston area. The eigenfrequency of the hydraulic
cylinder is not reached with the acceleration profiles of
the example actuator application.
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Figure 6.29: Pump flow constraint

Pump flow constraint The hydrostatic pump
speed is limited by various factors such as lubrication
and balancing limits. The speed limit of the hydro-
static piston pump is empirically determined as a func-
tion of the volumetric displacement of the pump in
[118]. The maximum speed for each volumetric dis-
placement is shown as the maximum attainable fluid
flow. Maximum fluid flow is the leading limiting factor
in the design of the EHA as all proposed configurations
are following the constraint. A more fundamental un-
derstanding of the pump speed limitations should be
developed to further optimize the EHA configuration.
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Figure 6.30: Motor speed constraint

Motor speed constraint Servo motor speed is con-
straint just as the servo motor of the EMA. Pump
speed is however the leading constraint, hence critical
motor speeds are not reached in the EHA configura-
tions.
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Figure 6.31: Pressure constraint

Pressure constraint System pressure has a direct
correlation to the maximum actuator loading and the
area of the hydraulic cylinder piston. System pressure
can not be increased indefinitely due to safety con-
straints and fabrication considerations. Most hydro-
static pumps available in industry are rated to a pres-
sure between 260 and 330[bar]. A maximum pressure
of 330[bar] is imposed to limit the lower bound of the
piston area. In the proposed configurations the maxi-
mum pressure constraint is never critical. The pressure
constraint becomes more critical for higher load rated
actuators.

6.4.2 Neutral configuration comparison

The neutral configuration of the EMA and EHA is the
configuration in which both the mass and efficiency ob-
jective has the same weight factor in the optimization
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step. The properties of the neutral configuration of
both actuator types are shown in Table 6.2.

Table 6.2: Neutral configuration properties

EMA EHA
Property Value Property Value

Mass 415[kg] Mass 1400[kg]
Mean power 3.75[kW] Mean power 2.5[kW]

ls 4[cm] Ap 56[cm2]
rr 0.42[cm] Vg 175[cm3/rev]
Ns 10[−]
Rg 3.6[−]

The EMA has the clear mass advantage while the EHA
is more efficient for the example task. Mass and power
loss properties of both actuators are discussed below.

Mass properties

The total actuator mass of the EHA is approximately
3.4 times the mass of the EMA configuration. As such
the EMA configuration has the clear advantage regard-
ing the mass objective in actuator choice. Mass of both
MEA actuators is comprised of the mass of their ma-
jor components. Additional masses of peripherals such
as fasteners and connectors are neglected in the actu-
ator mass models. Relative component masses of both
actuators are shown in Figures 6.32 and 6.33 for the
EMA and EHA respectively.

Mass factors of the EMA

PRS Cylinder Gearbox PMSM

EMA components

0

0.2

0.4

0.6

N
o
rm

a
liz

e
d
 m

a
s
s
 [
-]

Figure 6.32: EMA mass properties

To compare both actuators, the servo motor is ideal as
this component is identical in both technologies. The
absolute servo motor masses are respectively 302 and
480.7[kg] for the EMA and EHA. The higher motor
mass of the EHA indicates the EHA uses a lower speed
higher torque motor compared to the EMA configu-
ration. The limiting factor in the EHA is the limit
on the pump rotational speed. In the EMA a reduc-
tion gearbox is used to increase the motor speed while
keeping the speed of the PRS low. A possible design

iteration to decrease the EHA actuator mass could be
to implement a gearbox to decrease the motor mass.
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Figure 6.33: EHA mass properties

The first observation in the EHA mass is the negligible
effect of the mass of hydraulic pipes. This component
mass will therefore not be discussed in more detail.
Mass of the EHA is determined in approximately equal
parts by the hydraulic cylinder, the manifold and the
servo motor. Masses of the manifold and cylinder can
be decreased by decreasing the pump flow, however,
this comes at a significant cost in efficiency.

The EMA mass is determined for a significant part by
the mass of the servo motor followed by the mass of
the gearbox. The relative high mass ratio of the mo-
tor and gearbox follow from the relative high lead of
the PRS screw. The high lead results in high torque
requirements and the resulting high motor mass. The
high lead of the screw is necessary to increase power re-
generation of the actuator. The addition of a gearbox
compared to the EHA design allows to operate at the
limit of the servo motor speed. The use of high speed
motors in combination with higher gear ratio’s there-
fore could decrease system mass further. As the PMSM
scales with the required torque as mPMSM ∝ T 6/7 and
the gearbox scales initially with mgb ∝ T 1/2 a mass re-
duction for high power applications can be expected.

6.4.3 Power loss properties

Power loss properties of the actuator define the mean
power use for a given task. The mean power use of the
EMA configuration is a factor 1.5 larger than that of
the EHA configuration. The larger losses of the EMA
are mainly due to more mechanical friction contacts
compared to the EHA. Force and velocity related losses
are discussed separately below. Power losses are de-
fined assuming power transmission to the component
is 100% efficient. Losses are normalised with respect to
the output power of the actuator for ease of comparison
between both actuators.
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Force related losses Force related losses are the loss
trends with respect to the working point load of the
actuator. Figure 6.34 and 6.35 show the force related
losses of the EMA and EHA respectively.
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Figure 6.34: EMA power loss factors - Force

Both MEA actuators show a low load region in which
the losses are much higher than the actual output
power of the actuator. Back-driving the actuator in
these conditions is not possible. Losses in the EMA are
higher for these low load situations due to high friction
terms in the PRS mechanism and the linear bearings
in the mechanical cylinder. At high loading the PRS
mechanism becomes more efficient making the EMA
configuration better suited for applications in which
loading on the actuator remains high.
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Figure 6.35: EHA power loss factors - Force

The EHA force related losses are dominated by the
cylinder losses which are defined by friction forces in
the linear cylinder bearings and seals. At low actua-
tor loads the EHA is more efficient compared to the
EMA, however at larger loads the volumetric losses in
the pump increase. Copper losses in the motor also are
higher compared to the EMA due to the high torque

low speed configuration of the EHA. The EHA is bet-
ter suited for applications where loading of the actuator
varies and low load conditions occur more often.

Velocity related losses Velocity related losses are
the loss trends with respect to the working point ve-
locity of the actuator. Figure 6.36 and 6.37 show the
velocity related losses of the EMA and EHA respec-
tively.

Velocity related losses in the EMA and EHA show
largely opposite trends. As the motor speed of the
EMA configuration is higher than the motor speed of
the EHA, motor losses are expected to be higher in
the EMA. The addition of the rolling frictional losses
in the EMA screw result in decreasing efficiency with
increasing speeds. The EMA is thus better suited for
low velocity applications.

0 0.2 0.4 0.6 0.8 1

Velocity [m/s]

0

0.2

0.4

0.6

0.8

1

N
o
rm

a
liz

e
d
 p

o
w

e
r 

lo
s
s
 [
-]

Power loss factors of the EMA - Velocity

Screw friction

Motor loss

Bearing friction

Gear friction

Total losses

Figure 6.36: EMA power loss factors - Velocity
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Figure 6.37: EHA power loss factors - Velocity

The EHA velocity dependant losses are shifted com-
pared to those of the EMA due to the use of a low
speed high torque configuration. Only at high veloc-
ities the flow velocity induced pressure losses become
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significant making the efficiency decrease again. EHA
configurations are better suited for high velocity ap-
plications compared to the EMA due to the relative
constant losses at slightly higher velocities.

In both actuators, the cylinder losses (bearing friction)
is linearly related to the velocity. Only at low velocities
the effects of stick slip are present. This effect is much
more pronounced in the EHA than in the EMA due to
the larger normal forces on the linear bearings caused
by the actuator weight.

6.4.4 Requirement variation
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Figure 6.38: Load rating dependant actuator configu-
rations
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Figure 6.39: Velocity rating dependant actuator con-
figurations

Actuator requirements determine the properties of the
actuator largely. The two main actuator requirements
are the load rating and the velocity rating. Figure 6.38
and 6.39 show the optimized actuator configurations
for the requirements described at the start of this sec-
tion and variations on the load and speed requirements

respectively. Proportionality between the actuator re-
quirements and the task magnitudes is kept constant.

In general, the differences between the EMA and EHA
properties decrease with decreasing actuator require-
ments. And increases with increasing actuator require-
ments. The EMA generally provides the more mass
optimized solution while the EHA remains the more
efficiency optimized solution. Upon further decreasing
the actuator requirements the EMA is expected to be-
come the optimal solution on both objectives.

6.5 Conclusions

This chapter uses sizing and power loss models of the
electro mechanical actuator (EMA) and electro hydro-
static actuator (EHA) developed in Chapter 3 and 4
respectively to make preliminary designs of both ac-
tuator technologies for high power applications. Ac-
tuator configurations are obtained by means of an op-
timization process with the objective to minimize the
actuator mass and maximize the actuator efficiency. A
case study on an example high power linear actuator
application is performed to find the optimal actuator
technology for the task.

In general the EMA is seen to offer a lower actuator
mass solution for high power applications while the
EHA is beneficial for its higher efficiency. This state-
ment is valid for actuators capable of delivering power
in an order of magnitude of 1e5[W]. The mass of the
EMA is dominated by the mass of the servo motor
while the mass of the EHA is defined largely by the hy-
draulic cylinder, manifold and servo motor mass. The
lower mass of the EMA is mostly achieved by reducing
the torque requirements on the drive side of the actua-
tor. The gearbox is therefore an essential component.
Further mass decrease of the EMA is limited by the
maximum speed of the servo motor. In contrast, to
further decrease the torque requirements of the EHA
motor, the maximum speed of the hydrostatic pump
should increase. A higher pump speed could increase
the pump flow of the pump without increasing the vol-
umetric displacement of the pump and therefore the
pump mass.

The efficiency of the actuators is determined by the
power losses in the different actuator components. The
EMA is found to be better suited for applications in
which the loading of the actuator is relatively constant
at the high end of the load rating. For actuators where
the loading varies and is often low, the EHA is found
to be more efficient. On the other hand, the EMA
actuator is found to be more efficient at low velocity
applications, at the high end of the velocity range the
losses increase significantly due to rolling friction. The
EHA has less components affected by rolling friction
and performs better at the higher velocity range. Stick
slip behaviour at the low velocity range however results
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in low EHA efficiencies at low actuator velocity.

Variation of the actuator requirements show the dif-
ferences between EMA and EHA mass properties de-
crease with decreasing power requirements on the ac-
tuator. Upon further lowering the actuator power re-
quirements the EMA is expected to be the optimal ac-
tuator technology on both mass and efficiency objec-
tives. At higher power requirements the optimal ac-
tuator choice is dependant on the importance of one
objective over the other.

Future work In running the preliminary design tool
on the example actuator requirements, some critical
factors in the design of the EMA and EHA are found.
The general trend to decrease actuator mass is to carry
the actuator power in the velocity terms. In the EMA

the rotational speed of the mechanical cylinder screw
is mainly limited by the eigenfrequency of the screw.
The current model optimizes the screw diameter for the
load rating. Later model iterations could look at the
effect of optimizing the screw diameter for the eigenfre-
quency requirements. In the EHA, the speed constraint
is mainly imposed by the speed limitation of the hy-
drostatic pump. The current model implements this
constraint with an empirical relation found in [118].
Future research could look into a physics based maxi-
mum operating speed model of the hydrostatic piston
pump. An increase of the pump speed has the poten-
tial to reduce EHA actuator mass significantly making
the EHA the optimal choice in high power applications.
Alternatively, future research could look into the effects
of adding a gearbox between the motor and pump to
decrease torque requirements and mass of the motor.
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Chapter 7

Conclusion

High power linear actuation is often dominated by conventional hydraulics due to widely available hydraulic parts
and the well known properties of the technology. From current trends in the aviation industry, decentralised
electric actuators are shown to have advantages on both actuator mass and efficiency over these common
conventional hydraulic actuators. The electro mechanical actuator (EMA) and the electro hydrostatic actuator
(EHA) are two electric decentralised actuator technologies which are mentioned in aviation related literature.
Existing literature only exists for these actuators up to power levels of 45[kW], for higher power requirements
the advantages of one over the other technology are not clear.

Ampelmann currently uses conventional hydraulic actuation on the majority of their motion compensation
systems. To optimize the mass and efficiency of the platforms, possible new actuator technologies can be
evaluated to replace the conventional hydraulic system. The initial focus on actuator replacements is put on the
Ampelmann A type hexapod platform which is driven by 6 linear actuators each capable of delivering 150[kW].
The required power levels hence exceed existing literature on the EMA and EHA by a factor 3.

This report details a new method to generate preliminary actuator designs based on the maximum power
requirements posed on the actuator and a task time series representing the working conditions of the actuator.
The generated designs are optimized to minimize the actuator mass and to maximize the actuator round trip
efficiency. To develop the preliminary design tool, actuator sizing and power loss models are developed in
Chapters 3 and 4 for the EMA and EHA transmission respectively. The actuator models are implemented in
the optimization based preliminary design tool in Chapter 6.

From the optimized actuator configurations based on the Ampelmann A-type actuator requirements, some
general trends are found. In general, the EMA provides a more mass optimized actuator solution compared to
the EHA. This lower mass solution however comes at the cost of a lower actuator efficiency. The EHA therefore
provides the more efficiency optimized actuator configurations.

The lower mass of the EMA configurations is largely dependant on the use of a reduction gearbox between the
motor and screw. The reduction gearbox ensures the motor is capable of operating at high speed and relatively
low torque which is beneficial for the motor mass. In contrast, the motor speed of the EHA is limited by the
speed limit of the pump. Pump speed is clearly found to be a limiting factor in decreasing the EHA mass.
However, the mass of the EHA is also defined for a large part by the hydraulic cylinder mass and the manifold
mass. Especially the manifold mass increases the EHA mass significantly. Mass of the manifold is modelled
very crude in the current EHA model. Future research could look into the detailed physical properties which
determine the manifold mass.

Mean power use of the actuators is defined by the power losses in the actuator. Power losses of the EMA
configurations are generally larger than the power losses of the EHA configurations for high power applications.
Based on the loss trends of both actuators, the EMA is better suited for applications where the load on the
actuator is relatively constant towards the high end of the permissible actuator load and the velocity remains
low. The EHA in contrast is better suited in applications where the load varies across the entire load range.
Especially in the low load range, the EHA actuator becomes more efficient faster. Also at high velocities the
EHA performs better compared to the EMA configurations.

The linear actuators used in the Ampelmann A-type hexapod are loaded differently due to the overhanging
weight of the gangway. In general, the hexapod actuators are loaded with a constant compressive force. This is
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however not true for one or two actuators placed at the opposite end of the gangway. These actuators experience
forces in both tension and compression at a relatively low magnitude. An example task time series describing
the time dependant loading and velocity of the linear hexapod actuator is shown in Appendix E.2. According
to the power loss trends discussed above, the EMA actuator is better suited for the hexapod actuators under
constant compressive loads while the EHA is beter suited for the actuators with varying loading direction.
Figure 7.1 shows the different optimized actuator configurations for the A-type hexapod applications. The
high load configurations are optimized for the highest loaded actuator under constant compression force. The
low load configurations are optimized for the lowest loaded actuator in the hexapod where the load direction
changes. As the loading of the different hexapod actuators changes with the rotation of the platform, in practice,
actuators can not be optimized for specific load conditions. The mean load configurations are optimized for all
the load conditions combined. These configurations provide the best actuators for the general A-type hexapod
actuator.
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Figure 7.1: Ampelmann A-type hexapod actuator configurations.

Directly comparing the mean power use of the different actuator loading configurations is not possible as the
power output of these different actuators is different. However, comparing the same loading configurations
between the EMA and EHA is possible. For the low load configurations, the difference between the EMA and
EHA masses decreases significantly. The relative high mass of the EMA configurations is explained by the high
screw lead to enable back driving the actuator at low loads. The resulting high torque on the motor results in
a high actuator mass. For the low load applications, the choice for EMA or EHA is highly dependant on the
importance of actuator mass versus power use. In the high load application, the EMA and EHA mean power
use becomes very similar. Due to the much lower mass of the EMA this technology is the preferred actuator
type for this application.

For the general A-type actuator, the general actuator properties found before are valid. The EMA provides
a more mass optimized solution while the EHA has a much higher mass but a lower mean power use for
the same task. The choice between actuator technology hence depends on the importance of the mass over the
efficiency properties. The weight factor of these two objectives is not fixed for every A-type hexapod application.
Depending on the size of the ship, the mounting location of the platform and the function of the ship either
mass or efficiency becomes the leading decision parameter. Especially on ships where the A-type is mounted on
a pedestal, stability requirements make the system mass critical. On smaller ships the power availability from
the ship might become a critical factor. If the ship is unable to deliver the required power additional diesel
generators are needed increasing the total system mass.
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7.1 Future work
From the development of the preliminary sizing tool and from the resulting preliminary designs, missing or
incomplete knowledge can be identified. These knowledge gaps should be further researched in future work. For
the interested reader and researcher, the most important knowledge gaps to be addressed in future research are
summed in this section.

In modelling the preliminary design tool, the focus of actuator choice criteria is put on the actuator mass
and actuator mean power losses. Except for these properties, other actuator properties are important too.
In the current models, actuator stiffness in relation to control of the actuator is neglected. Actuator stiffness
can be a limiting factor in which actuator technology can be used in certain applications. Future work could
model control stiffness of both actuator types and implement a constraint to ensure proper controllability of
the actuator. Another suggestion is the reliability of the actuator systems. Reliability of the EHA is already
researched and described in aviation related literature. Reliability of the EMA however is less proven. The
critical unknown part with respect to reliability is the planetary roller screw (PRS). The current EMA models
design the PRS towards a desired lifetime with 99% reliability. The PRS design for reliability is however highly
theoretical, and real experimental validation of the reliability of the planetary roller screw at these power levels
is lacking in literature. Future research could look at a theoretical model describing the failure mechanisms of
the PRS and experimental validation of PRS reliability.

In the current preliminary design tool some model simplifications prove to be of high importance in determining
the total actuator mass. The three main simplifications which should be addressed in later model revisions are
the critical pump speed limit, the mass modelling of the hydraulic manifold and the gearbox implementation.
The critical pump speed is seen to be a limiting factor in the design of the EHA. The current pump speed
is modelled by an empirical data fit described in [118]. As the pump speed proves to be a critical factor in
the EHA design, a theoretical model describing the critical pump speed could be developed and implemented
in the optimization step of the EHA design. Similarly, the manifold mass in the EHA is seen to account for
approximately 1/3th of the total EHA mass. Mass of the manifold is determined based on a simple data fit as
explained in Chapter 4. A proper physics based model of the hydraulic manifold would increase the accuracy of
the EHA mass results significantly. The final major simplification to be addressed in future model iterations is
the implementation of the gearbox. In the current model, a single stage gearbox is assumed with a fixed distance
between the gear pair axis. In practice, the use of a single stage gearbox is unrealistic and limits the attainable
gear ratio’s significantly. Implementing a variable number of gear stages in the gearbox as an optimization
parameter in the mass and power loss models of the gearbox is a valuable addition to the preliminary design
tool.

Above future research suggestions all concern the developed EMA and EHA models. However, the modelled
actuators only cover a single version of the EMA and EHA. Later model iterations could also look into different
actuator implementations. For the EHA, especially the variable pump fixed motor (VPFM) architectures are
promising to decrease losses in the motor. For the EMA, different implementations of the mechanical cylinder
could be studied to compare EMA properties with ballscrews and PRS. Implementing the screw transmission
with a hydrostatic screw also has the potential of reducing friction losses in the screw compared to the PRS
implementation. Different implementations of the EMA and EHA actuators are discussed in detail in the
literature report preceding this report: ’Linear high power actuator technology for application in the Ampelmann
hexapod’ (Appendix G).
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Appendix A

Mechanical transmission equations

A.1 Planetary roller screw sizing
Buckling requirement
Buckling load of the screw is determined according to Euler critical load given in Equation A.1. The area
moment of inertia of the screw used in Euler critical load is given in Equation A.2.

Pcr =
π2EIscrew
k2L2

screw

[N] (A.1)

Iscrew =
π

4
r4[kg m2] (A.2)

Substituting Equation A.2 in Equation A.1 and rewriting for r, the minimum radius to satisfy the buckling
requirements is found according to equation A.3. The critical load Pcr is given by the maximum force re-
quirements on the actuator found in Section 2.5 and a structural safety factor as Pcr = FmaxFoS. k is the
column effective length factor of the screw. The column effective length factor is determined by the mounting
configuration of the screw. According to [43], k should be equal to 0.85 for the screw by assuming the base of
the screw is fixed in six degrees of freedom. The buckling length of the cylinder Lscrew is taken as the stroke
length of the mechanical cylinder. In reality, the length of the screw will be longer, it is however reasonable
to assume this extra length will be used for mounting options such as bearings or bushings. Finally, E is the
young modulus of the screw material.

rbuckling =
4

√
4Pcrk2L2

screw

Eπ3
[m] (A.3)

Yield strength requirement
The stress in the screw material can be determined with Equation A.4. Rewriting Equation A.4 in terms of the
screw radius and adding the fatigue requirement gives the minimum radius for the yield requirement (Equation
A.5). The critical load Pcr is again given as Pcr = FmaxFoS. The yield strength σy is a material specific
property.

σ =
Pcr
πr2

[N m−2] (A.4)

ryield =

√
Pcr

0.67σyπ
[m] (A.5)

Torsional strength requirement
The shear stress due to torsion is given by Equation A.6. Here the torque T is given by the maximum torque
Tmax multiplied with a structural safety factor FoS. Furthermore, Jscrew is the polar moment of inertia given
in Equation A.7 and r is the minor radius of the screw.
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The maximum occurring torque on the screw is a function of the maximum force as seen in equation A.9. The
total lead lt of the screw is discuses further on in this section. The efficiency of the screw η is still unknown, as
such, an estimate of the mean efficiency is used. An estimate of η = 0.85 is used in subsequent calculations.

τ =
Tr

Jscrew
[N m−2] (A.6)

Jscrew =
πr4

2
[m4] (A.7)

T = FoSTmax (A.8)

Tmax =
Fmaxlt

2πη
(A.9)

The relation between the shear stress and the total stress in the material is given by Von Misses as σt = 1.73τ .
Substituting Equations A.7 and A.9 in Equation A.6 with the same rule to keep the maximum stress below 67%
of the yield strength, the minimum radius due to shear requirements is obtained in Equation A.10.

rshear = 3

√
2 · 1.73fscT

0.67σyπ
(A.10)

A.2 Cylinder housing sizing

The mechanical cylinder is sized based on several load requirements as outlined below.

Buckling requirement

To satisfy the buckling requirement on the smooth extending rod, a minimum area moment of inertia is needed.
This minimum area moment of inertia is found by rewriting the Euler critical load equation in Equation A.11.

Imin = FmaxFoS
(kLcr)

2

π2Est
(A.11)

Here Fmax is the maximum force requirement on the actuator discussed in Section 2.5 and FoS is a structural
safety factor. k is the column effective length factor and Est is the youngs modulus of steel. The minimum
outside radius of the smooth hollow cylinder for buckling can than be determined by rewriting the equation for
the area moment of inertia of a hollow cylinder as shown in Equation A.12.

rcr,out,buckling = 4

√
4Imin

π + r4
cr,in

[m] (A.12)

Yield requirement

The yield requirement ensures the stress inside the extending rod material does not exceed the yield stress of
the material. The minimum smooth cylinder outside radius to satisfy the yield requirements is determined
according to Equation A.13. Here the 0.67 factor ensures the maximum stress does not exceed 67% of the yield
strength in accordance with the criteria stated in the SKF PRS design guide for fatigue life.

rcr,out,yield =

√
FmaxFoS
0.67πσy

+ r2
cr,in[m] (A.13)
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Fabrication requirement

As the smooth cylinder should be fabricated (metal turning), a minimal design thickness should be taken under
consideration. This minimal thickness is taken as tcr,min = 0.004[m]. As such, the minimal smooth cylinder
outside radius due to the fabrication requirement is given as:

rcr,out,fabrication = rcr,in + tcr,min[m] (A.14)

A.3 Gear sizing

Table A.1: Gear sizing parameters

Parameter Description Unit Value

αp Pressure angle of the gears [rad] 20[deg]

βb Helix angle of the gears [rad] 30[deg]

as Axial shift between the in- and output axle [m] 0.2[m]

The first step in load sizing the helical gear pair is determining the diameters of the gears. The pitch diameters
of both gears are a function of the gear ratio and the axial distance shift as between both gears. Both diameters
are determined according to Equations A.15 and A.16. All equations found in this section, unless specifically
stated otherwise, are found in [162].

dg,1 = 2
as

Rgear + 1
[m] (A.15)

dg,2 = 2

(
as −

dg,1
2

)
[m] (A.16)

Next to the pitch diameter, also the tip and base diameters of the gears should be determined. The tip and base
diameters of both the pinion (1) and driven gear (2) are determined by Equation A.17 and A.18 respectively.

dga,i = dg,i + 2m[m] (A.17)

dgb,i = dg,i cosαp[m] (A.18)

The gear diameter and tooth module m determine the amount of teeth on each gear. As the number of teeth
should always be a round number, a rounding function is used. Small discrepancies between the resulting real
tooth module are assumed to be negligible. The number of teeth for both gears is found according to Equation
A.19.

Zg,i = round

(
dg,i
m

)
(A.19)

To determine further properties of the helical gear stage, the transverse or working pressure angle should be
determined. The transverse pressure angle is the effective pressure angle of the helical gears as a result of the
helix angle of the gear teeth. The transverse pressure angle is determined according to Equation A.20 [119].

αwt = tan−1

(
tanαp
cosβb

)
(A.20)

The head engagement distances of the pinion and driven gear are then determined according to Equation A.21
[119].
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gga,i =
1

2
dgb,i

√(dga,i
dgb,i

)2

− 1− tanαwt

 [m] (A.21)

Also the gear pitch pg (Equation A.22 [119]) and the intervention distance pge (distance between two adjacent
flanks on the contact line, Equation A.23 [119]) can be calculated. Those are needed to calculate the addendum
transverse contact ratio ei of the pinion and the driven gear and the combined tooth contact ratio eα.

pg = mπ[m] (A.22)

pge = pg cosαp[m] (A.23)

ei =
ga,i
pge

(A.24)

eα =
ga,1 + ga,2

pge
(A.25)

The tooth contact ratio should always be higher than 1 according to [119]. The tooth contact ratio can be used
to determine the contact ratio factor of the gear pair according to Equation A.26. Together with the gear zone
factor Zh and elasticity factor ZE , the contact ratio factor is later used to determine the necessary height of
the gear.

Zcr =

√
4− eα

3
(A.26)

Zh =

√
cosαp
sinαp

(A.27)

ZE =

√
Est
2π

(A.28)

Before finding the necessary height of the gear, first the tangential force on the pitch line should be found.
As the maximum torque on the screw side of the gearbox can be calculated, the maximum tangential force is
determined according to Equation A.29. The minimal required tooth face width to support this tangential force
is then determined by Equation A.30.

Ft =
2Tmax
dg2

[N] (A.29)

b =

(
ZhZEZcr
σmax

)2
Ft
dg2

u+ 1

u
[m] (A.30)

In Equation A.30, σmax is the maximum allowable stress in the gear material defined as σmax = σlim/FoS. u is
the absolute gear ratio given by Equation A.31.

ifRgear ≥ 1 : u = Rgear

ifRgear < 1 : u =
1

Rgear
(A.31)

Finally, the height of the gear can be derived from the minimal tooth face width by taking into consideration
the helix angle of the gear. The height of the gear is given in Equation A.32.

hg = b cosβb[m] (A.32)
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A.4 Planetary roller screw losses

A.4.1 Geometry related losses

The PRS efficiency model is based on a model proposed by [167]. Both the rolling resistance and the z-directional
slip is taken into account in this model assuming a constant rolling frictional moment and friction coefficient.
These assumptions are discarded by implementing a model for the coefficient of rolling friction dependant on
the working point as explained below. Lubrication and elastic hysteresis effects are not taken into account, as
such the model is only valid in steady state operation. However, most PRS transmissions can be modelled with
quasi-steady state behaviour [88]. Furthermore, [128] states the PRS efficiency is almost independent on nut
speed. However, higher load should result in higher efficiency. The PRS efficiency model by [167] is given as:

ηs =
rs tanαs (cosαs cos ρ sinβ − sinαs sin ρ− µk (sinαs cos ρ+ cosαs sin ρ sinβ))

rs (cos ρ sinαs sinβ + sin ρ cosαs) + rRP(1− cos ρ)(sin ρ+ cos ρ) cosαs cosβ
(A.33)

Parameters of the model are defined in Subsection 3.4.1. The helix angle of the screw is determined as a function
of the screw pitch radius and the screw lead:

αs = tan−1

(
ls

2πrs

)
(A.34)

The contact angle β is often stated as 45 deg for practical reasons. The friction angle ρ is given as:

ρ = tan−1

(
µr

rRP sinβ

)
(A.35)

Here µr is the rolling coefficient of friction between the rollers and screw, this is a variable changing with
velocity and load. µk is the coulomb kinetic coefficient of friction. In [167], this parameter is set equal to 0.055
for lubricated steel-steel contacts.

Finally, rRP is the radius of curvature of the roller side profile. The radius of curvature is given by:

rRP =
r2
r +

(
lr

2·π
)2

rr
[m] (A.36)

rr and lr are the roller pitch radius and roller lead respectively.

A.4.2 Rolling friction coefficient

Rolling friction is the force which resists motion of a body rolling on a surface. Rolling friction is mainly
caused by non-elastic effects such as hysteresis and plastic deformation. Rolling friction is often determined as
a function of the normal force on the rolling body according to:

Fr = µrN [N] (A.37)

Here µr is the rolling coefficient of friction. The rolling coefficient of friction is often determined experimentally
due to the various factors influencing rolling friction. As such, the rolling coefficient of friction is often taken
as a mean value found from experiments. However, in reality, the rolling coefficient of friction is load and
velocity dependent. Equations for the rolling coefficient of friction of the planetary rolling screw are not found
in literature. However, rolling coefficient of friction of ball bearings is documented in literature. As models for
the PRS can be found where the contact interface is modelled using equivalent balls, rolling friction of a ball
bearing should be representative for the PRS mechanism. The screw then represents the axle in the bearing,
the rollers represent the ball bearings and the nut is portraying the outer bearing race of the bearing assembly.
[150] developed a model to determine the rolling frictional moment for a ball bearing. The rolling frictional
moment can be converted to the rolling coefficient of friction by substituting the frictional force in Equation
A.37 by:
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Fr =
Tr
rs

[N] (A.38)

The coefficient of rolling friction is then given as:

µr =
Tr
rsN

(A.39)

The rolling frictional moment is determined in [150] as:

Tr = φishφrsGrr (νn)
0.6

[N m] (A.40)

Here ν and n are the operating viscosity of the oil in [mm2 s−1] and the rotational speed of the screw in [rpm]
respectively. The other three parameters are explained in detail below as found in [150].

Inlet shear heating reduction factor - φish The inlet shear heating reduction factor represents the lowering
of the rolling friction due to heating of the lubricating medium. Only a very thin hydrodynamic film is formed
between the contact points, the excess oil close to the contact area will be repelled and produce a reverse flow.
The reverse flow shears the lubricant and generates heat. The heat lowers the oil viscosity and film thickness
and consequently also lowers the rolling friction. The shear heating reduction factor can be estimated using an
experimental equation:

φish =
1

1 + 1.84e−9 (ndm)
1.28

v0.64
(A.41)

Here dm is the bearing mean diameter in [mm]. The bearing mean diameter is replaced by the PRS mean
diameter which is given as:

dm =
rs + rr

2
(A.42)

Kinematic replenishment/starvation reduction factor - φrs During operation, oil is being displaced
due to the rolling contact point. When viscosity or speed are high, the lubricant might not have enough
time to replenish the raceways resulting in a kinematic starvation effect. The starvation effect reduces the
hydrodynamic film thickness and consequently the rolling friction. The kinematic starvation reduction factor is
again determined by an experimental equation:

φrs =
1

e

[
krsvn(d+D)

√
kz

2(D−d)

] (A.43)

Here krs is the replenishment or starvation constant which is dependent on the type of lubrication. For a low
level oil bath or jet lubrication, this constant in equal to krs = 30−8. In case of grease or oil-air lubrication, the
value is almost doubled to krs = 50−8. For the planetary roller screw, oil jet lubrication is assumed. Next, kz is
a bearing type related geometric constant. The bearing type related constant should be approximated for the
PRS. As the PRS mostly resembles an angular contact bearing due to the axial loading direction, the geometric
constant is approximated by the geometric constant of a single row angular contact bearing. This constant is
given in [150]as kz = 4.4. Finally, d and D are the bearing bore and bearing outside diameter in [mm]. Those
diameters are changed to the screw pitch diameter and nut pitch diameter respectively for the PRS.

Geometric and load dependent variable for rolling friction in radial bearings – Grr This variable
determines the nominal rolling friction in function of the load and geometry. The geometry dependencies is
again approximated by representing the PRS as an angular contact bearing. This variable is highly experimental
and is therefore difficult to validate.

Grr = R1d
1.97
m [Fr + Fg +R2Fa]

0.54 (A.44)

105



Here R1 and R2 are experimental factors found in Table A.2 [150]. Fr and Fa is the radial and axial loading
on the bearing respectively. The radial loading is set to zero for the PRS as radial loading is taken up by the
linear bearings in the mechanical cylinder. The axial load is replaced by the normal force on the contact points
of the rollers as:

Fa =
N

sin(β) cos (αs)

Nr
neq

[N] (A.45)

Here Nr and neq are the number of rollers and number of equivalent balls in the PRS respectively. These are
used as the axial force is distributed over the various contact points. The angular contact bearing has only a
single row of balls while the PRS has multiple rows on top of each other. Finally, Fg is an induced force on the
bearing due to the angular velocity. This force is given by:

Fg = R3d
4
mn

2[N] (A.46)

R3 is again an experimental geometric factor given in the Table A.2. All experimental factors are assumed to
correspond to the values found in [150] for a single row 25 deg angular contact bearing of the SKF 72xx series.

Table A.2: Experimental factors [150]

Factor value
R1 3.58e− 7
R2 3.64
R3 3.55e− 12

A.5 Gearbox losses
Planetary gearbox losses are a well studied subject in literature. The gearbox losses are modelled based on the
models by [94] and [119]. The complete efficiency model is given below for reference.

A.5.1 Forces and speed
First, the tangent force on the base circle of the gears is determined. The tangent force is always expected to
be positive in the efficiency equation hence the absolute value is taken:

Fbt =

∣∣∣∣ 2Tout
d2 cos (αwt)

∣∣∣∣ [N] (A.47)

The gearbox output torque and the driven gear diameter are used as the output torque corresponds with the
torque on the PRS screw. Next, the linear speed of the gears on the peripheral line v and the pitch line vt are
calculated. As the speed on the screw side of the gearbox is known, the speeds are calculated at the driven gear
side:

v = ωoutrt2[m s−1] (A.48)

vt = ωoutrp2[m s−1] (A.49)

With rt2 and rp2 the driven gear tip and pitch radius respectively. Both speeds are expressed in [m s−1]. The
efficiency model is valid up to pitch line speeds of 50[m s−1]. For higher speeds, the pitch line speed should be
fixed to 50[m s−1] according to [94].

A.5.2 Gear losses
The power losses in the gearbox can be split into ‘No load gear losses’ and ‘Load dependent gear losses’. Here
only the gear losses due to friction between the gear flanks PV z and the no-load gear losses due to windage, oil
churning and oil squeezing PV z0 are taken into account. Bearing losses are added separately below.
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Load dependant losses The load dependent gear losses can be described as PV z = HvPinµm [94]. Here Hv

is the power loss factor, Pin is the input power of the gearbox and µm is the average coefficient of friction. The
power loss factor Hv is described by Ohlendorf’s relation [119] as:

Hv =
1 + rgear
rgear

π

z1 cos (βb)

(
1− eα + e2

1 + e2
2

)
(A.50)

Here rgear is the gear ratio of the gearbox, z1 is the number of teeth on the pinion, βb is the helix angle on the
base circle and eα,e1 & e2 is the profile contact ratio and the addendum transverse contact ratios of the pinion
and driven gear respectively. The average coefficient of friction is load and speed dependent and is described by
[119]. The description of the average coefficient of friction found in [119] is widely accepted for use on helical
gears [94]:

µm = 0.048

(
Pg

vΣcρredc

)0.2

Xoil XrXL (A.51)

Here Pg is the force per unit length on the gear teeth in [N mm−1], vΣc is the sum velocity at the operating
pitch circle in [m s−1], ρredC is the reduced radius of curvature at the pitch point in [mm]. Xoil, Xr & XL is
the oil viscosity correction factor, the surface roughness correction factor and the lubrication correction factor
(for oil lubrication) respectively. Those parameters are further detailed below. The force per unit length on the
gear teeth is defined as: Pg = Fbt/b with Fbt in [N] and b in [mm]. The minimal force per unit length on the
gear teeth should be 150[N mm−1] for the model to be accurate [119]. The sum velocity on the operating pitch
circle is calculated as:

vΣc = 2vt sin(αwt)[m s−1] (A.52)

The reduced radius of curvature is expressed in [mm] and is found as:

ρredC = 0.5(d1/1000) sin(αwt)
u

(u+ 1) cos(βb)
(A.53)

Oil viscosity correction factor The oil viscosity correction factor is determined by the dynamic oil viscosity
as:

Xoil = η−0.05
oil (A.54)

With ηoil the dynamic oil viscosity in [mPa s] at the operating temperature of the gearbox. The operating
temperature of the gearbox is assumed constant at 30[°C].

Surface roughness correction factor The surface roughness correction factor corrects the friction coefficient
for the mean surface roughness on both gear faces. The correction factor is calculated as:

Xr = 3.8

(
Ra
d1

)0

.25 (A.55)

Here Ra is the arithmetic mean roughness expressed in [µm] and d1 is the pinion pitch diameter expressed in
[mm]. The arithmetic mean roughness is calculated as:

Ra = 0.5 (Ra,1 +Ra,2) (A.56)

With Ra,1 & Ra,2 being the roughness factor of respectively the pinion and driven gear expressed in [µm].
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Lubrication correction factor The lubrication correction factor reduces the friction between the gear teeth
faces to simulate lubricated contact friction. For oil, this factor is calculated as:

XL =

(
Fbt
b

)−0.0651

(A.57)

Here Fbt is the circumferential force at the base circle in [N] and b is the gear face width in [mm].

No load losses The no load gear power losses include losses due to windage, oil churning and oil squeezing
during meshing of the gears. In [119], the no load gear power loss is determined according to:

PV z0 = 76.92e−6bhv1.5[W] (A.58)

Here b is the gear face width in [mm], h is the oil immersion depth of the gear wheel in [mm] and v is the
peripheral speed of the gear wheel in [m s−1].

Note that this equation was originally developed for gears rotating around a horizontal axis. The proposed
gearbox for the EMA actuator has gears turning around the vertical axis. As such, oil churning and squeezing
losses are not accurately modelled in this equation. No load gear losses should be revisited in future model
iterations.

A.5.3 Bearing losses
Bearing losses are modelled in [10] as a function of the speed of the gear axles. The gearbox is assumed to
contain four bearings to support both axles of the pinion and driven gear. Bearing losses are expressed as the
product of the bearing frictional moment and the rotational velocity of the bearings. The rotational velocity of
the pinion and driven gear are related by:

ω1 = Rgearω2[rad s−1] (A.59)

The bearing frictional moment is described in [10] by two equations for a low velocity and high velocity region.
The low velocity region frictional moment is valid for νoilωi 60

2π < 2000 and is defined as:

Tv,low = 160e−10f0d
3
m[N m] (A.60)

At higher velocities, the bearing frictional moment is given as:

Tv,high = 1e−10f0

(
νoilωi

60

2π

)2/3

d3
m[N m] (A.61)

Here f0 is an index for the bearing type and lubrication type defined as f0 = 1.5 [10]. dm is the mean bearing
diameter, the diameter is assumed to be equal to 115% of the screw diameter dm = 2 ·1.15rs. ωi is the rotational
velocity of either the pinion or driven gear depending on the bearing location. The total bearing losses in the
gearbox are then defined as:

Pbearing =

2∑
i=1

(2Tv(ωi)ωi) [W] (A.62)

A.6 Loss model properties
Validation of the mechanical transmission loss models is less straight forward compared to the sizing model.
Manufacturer data on losses or efficiencies of mechanical transmission components is not or very limited available.
The available efficiency data is often determined in a single working point and is therefore not representative
to determine energy losses for a given operation. Loss models of both the PRS and the helical gear stage are
based on existing models found in literature. As such, the actual models are already proven separately. In this
section, assumptions in the loss models are investigated to determine the influence of small deviations in these
assumptions. Also influence of the design parameters are shown here.
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A.6.1 Mechanical cylinder losses

The mechanical cylinder has losses associated to the sliding friction of the smooth cylinder rod and to friction
in the the PRS mechanism. Sensitivities of model assumptions and the influence of the design parameters are
discussed below.

Sensitivities

Rolling friction The losses of the PRS are modelled in terms of efficiency with a model developed by [167].
The major change in the model is the addition of a variable rolling coefficient of friction to model the effects
of axial force and speed in the PRS. Together with the fixed coulomb kinetic coefficient of friction, the rolling
coefficient of friction determines the losses in the PRS. Figure A.1 shows the sensitivity of the efficiency to both
parameters.

Figure A.1: PRS friction coefficient sensitivities.

The fixed coulomb kinetic coefficient of friction µk has a very low and linear effect on the PRS efficiency.
Doubling the coefficient only decreases the efficiency by approximately 1%. In [60] the range for the kinetic
friction coefficient of lubricated hard steel-steel contacts is given from 0.029 to 0.12. With µk = 0.055 the
efficiency variation would be −1.3 to +0.5%.

The rolling coefficient of friction has a much larger influence on the PRS efficiency. The rolling coefficient
of friction directly influences the friction angle of the PRS with ρfric ∝ tan−1(µr). The rolling coefficient
of friction is determined using an empirical equation for roller bearings. The equations use several geometric
constants which would potentially be different in a roller screw. The sensitivity of these geometric constants
are determined in Figure A.2. Especially the R1 and R2 coefficients show large influence on the PRS efficiency.
rolling friction of a PRS and ball screw should be fairly similar. However, the large sensitivity to R1 and R2
shows small deviations in the geometric properties can result in significant efficiency changes. Experimental
validation of these coefficients with actual planetary roller screws in a later stage should be performed to increase
the accuracy of the PRS loss model.
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Figure A.2: Geometric coefficient sensitivities

Linear bearing friction The other model used to find the losses in the mechanical cylinder describes the
losses due to bearing friction between the cylinder enclosure and the smooth extending rod. Bearings on the
smooth rod ensure the actuator motion is constraint to a single translation axis and prevents sideways loading
of the internal PRS. The bearing friction model assumes the centre of gravity of the entire actuator remains
constant throughout its full range of motion. This is a reasonable assumption as the mass of the moving parts in
the cylinder is minimal compared to the entire actuator mass. Two other assumptions in the model are a fixed
cylinder angle and fluid film thickness between the bearings and the smooth rod. Sensitivity on the friction
force in the cylinders with variations on these assumptions is shown in Figure A.3.
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Figure A.3: Sensitivities of the bearing friction model.

Variation of the cylinder angle are seen to have a large influence on the bearing friction forces. The bending
moment caused by the actuator mass is proportional to the cosine of the actuator angle. Shallower angles result
in a smaller bending moment and therefore a lower bearing normal force. The current actuator angle of 45deg is
rather a worst case scenario. Especially at fully extended actuator positions the actuator angle would decrease
significantly. Later model iterations could include the actuator mounting geometry to increase bearing friction
force model accuracy.

The film height between the cylinder housing and the smooth rod has a much smaller influence on the bearing
friction force. A doubling of the film height only decreases the friction force by 0.5%. Decreasing the film
height has a larger effect as this eventually results in pure mechanical friction. Halving the film height however
only increases the bearing friction force by less than 1%. Assuming a constant film height is therefore a valid
simplification of the bearing friction model.

Design parameter influence

PRS losses The efficiency of the PRS is influenced by design parameters such as the lead of the screw, the
amount of thread starts and the ratio between the screw and roller radius.

First, the influence of the screw lead is discussed. Figure A.4 shows the working point efficiency of the PRS with
different screw leads. Note the overall size of the screw remains constant in this figure. The sharp transitions
in the curve are caused by the rounding of contact points in the PRS. At very low lead values, the efficiency
approaches 100% due to the very high rotational velocity required to reach the linear velocity of the actuator.
The high velocity results in optimal fluid film characteristics with reduced friction forces. It is important to
note that this optimal efficiency is not attainable due to eigenfrequency constraints. When the lead increases,
the rotational velocity decreases proportionally. The viscous frictional moment is proportional to the rotational
velocity byMvisc ∝ ω2 as can be seen in Figure A.5. The decreasing viscous friction results in higher efficiencies
with increasing lead values. However, at high lead values and the corresponding large helix angle the load on
the screw face becomes much larger resulting in decreased screw efficiency. This can be seen in Figure A.5 with
the increasing geometric and load dependant factor.
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Figure A.4: PRS efficiency with different screw lead values.

Next to the lead of the screw, also the number of threat starts influence the efficiency of the PRS. The influence
of the threat starts on the efficiency is shown in Figure A.6. The efficiency of the screw is seen to be highest for
a single thread start and decrease with more thread starts. This has mainly to do with the reduced true lead
of the screw and the resulting increase in rotational speed of the screw. The increase of rotational velocity of
the screw results in much higher viscous friction.

Finally, the influence of the roller to screw radius is investigated. The radius ratio is an important factor in
determining the gear ratio of the PRS. The radius ratio is defined as Rrs,rr = rs

rr
, as such an increase in radius

ratio with a fixed screw radius result in a decreased roller radius. The efficiency of the PRS with respect to the
radius ratio is shown in Figure A.8. A smaller roller radius is seen to increase the working point efficiency of the
PRS. The smaller roller radius increases the true lead of the screw and therefore decreases the rotational velocity
of the screw and the corresponding viscous friction. The smaller roller radius also decreases the geometry related
losses significantly as the friction arm on the contact points decreases.

A.6.2 Helical gearbox losses

Sensitivities of model assumptions and the influence of the design parameters on the gearbox losses are discussed
below.

Sensitivities

The helical gear stage losses are discussed in Subsection 3.4.3. The gear stage losses are determined with well
known loss models in literature. The major simplification in modelling the gearbox losses is the use of an
empirical no load power loss model developed for vertical gearboxes on a horizontal gearbox. The total gearbox
losses are a summation of the different loss components found in Subsection 3.4.3. As such, the power loss ratio
of the no-load losses gives the influence of variations on the total power loss. The power loss ratio of the no-load
losses is shown in Figure A.10.
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Figure A.5: Screw lead dependant µr.

Figure A.10: No-load gear loss ratio to the total gear losses.
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Figure A.6: PRS efficiency with different thread starts.

From Figure A.10, the no-load power is seen to make up a significant portion of the total gear power loss.
Especially for lower loads and high speeds, the power loss ratio dominates the gear power loss. The power loss
ratio is expected to approach 100% when the output torque approaches zero. For higher loads and lower speeds,
the no-load power loss ratio decreases significantly. This makes sense as the no-load losses are independent
of the load and related to the speed with Pnoload ∝ ω1.5. In contrast, the load dependant losses should
behave approximately linear with the load as frictional force is linearly related to the normal force on the gears.
Deviations from the linear trend are explained by the lower exponential dependencies of the coefficient of friction
on the load. Dependency of the load dependant losses on the speed of the gear consequently should also be
linear as the power loss is the product of friction force and sliding velocity. For applications with high output
speeds and low mean torque, the effect of changing the gearbox orientation on the no-load losses should be
further investigated. For higher load cases, especially with low output speeds, small variations on the no-load
losses have only a small impact on the total gear power losses.

Design parameter influence

Another input parameter of the gearbox is the gear ratio optimization parameter. The gear ratio has also an
influence on the overall efficiency of the gearbox. Figure A.11 shows the power loss of an example gearbox.
Especially for higher loads the power loss increases significantly for higher gear ratio’s. The steps in the plotted
lines are caused by the integer tooth count on the gears. The power loss with continuous tooth numbers are
shown with doted lines.
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Figure A.7: Thread start dependant µr.

Figure A.11: Gear power loss sensitivity to the gear ratio.
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Figure A.8: PRS efficiency with different roller screw radii.

The increasing power loss for higher gear ratio’s is largely explained by the larger diameter of the driven gear. A
fixed output torque with an increasing driven gear radius results in a decreased maximum normal force on the
gear teeth. Therefore the width of the gear teeth can be lowered. The resulting pressure on the gear teeth is,
despite the lower normal force for the same torque, higher for higher gear ratio’s. The higher contact pressure
results in a higher mean coefficient of friction. Next to the higher mean coefficient of friction, also the geometric
losses increase significantly. This has to do with the decreased number of gear teeth on the pinion gear with
higher gear ratio’s. A limitation of the gear model is the fixed gear teeth module. In reality the gear teeth
module would decrease to increase the number of teeth on a small pinion gear. Developing a scaling law for
the gear teeth module would be an interesting next step in developing the model. The combination of higher
geometric losses and a higher coefficient of friction result in an increase in load dependant losses of the gearbox
for higher gear ratio’s. As the teeth width is lower for higher gear ratio’s the no-load losses of the gearbox
decrease slightly.

The optimal gear ratio is seen to shift towards a gear ratio equal to 1 with increasing output torque. This point
is determined by the increasing load dependant losses and the decreasing no-load losses. Lower loads result in
lower load-dependant losses and therefore have the intersection with the no-load losses further to the right of
the scale.

The tooth module of the gears is mentioned above as a limitation of the model. The module is the ratio of the
gear reference diameter and the number of teeth. With a constant module, the number of teeth for small gears
become very low. High gear ratio’s result in small pinion gears en therefore in low tooth numbers on these gears.
This is not realistic as the gear module would change to accommodate for these small pinion gears. To limit the
effect of this fixed gear module, the gear ratio in this optimization project will be limited to 5. Development of
a scaling law for the tooth module could enable higher gear ratio’s.
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Figure A.9: Radius ratio dependant µr.
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Appendix B

Hydrostatic transmission equations

B.1 Hydraulic cylinder sizing

B.1.1 Piston rod sizing

The piton rod of the hydraulic cylinder is sized based on pressure, yield strength and buckling requirements.

Buckling requirement The required buckling radius of the rod can be determined with the Euler critical
load equation:

Pcr =
π2EI

k2L2
(B.1)

By assuming a hollow cylinder with a fixed ratio between in and outside radius as described in Chapter 4, the
moment of inertia of the rod can be expressed as:

Ir =
π

4

(
r4
r,o −

(
rr,o
tratio

)4
)

(B.2)

Rewriting Equation B.2 for the outside rod radius rr,o assuming the radius is a positive real number yields:

rr,o−buckling =

√
2 4
√
Irtratio

4
√
πt4ratio − π

(B.3)

The required moment of inertia of the rod Ir is then given by rewriting Equation B.1 and including a structural
safety factor.

Ir =
FmaxFoSk2L2

π2E
(B.4)

Here Fmax is the maximum occurring compressive load on the cylinder rod. A structural safety factor FoS is
added to add a margin on the maximum occurring load. The maximum occuring compressive load and the
safety factor together form the critical load Pcr. k is the column effective length factor which can be taken as
k = 0.85 for the cylinder rod [20]. L is the maximal unsupported length of the rod which is assumed to equal
the length of the total stroke of the actuator. Finally, E is the young modulus of the piston rod material.

Yield strength requirement Next to buckling load, the piston rod should also be sized as to not exceed the
yield strength of the material when loaded. The stress in the rod material can be determined by dividing the
maximum occurring stress by the area of the rod. A structural safety factor is added to the maximum occurring
force as safety margin:
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σ =
FmaxFoS

Ar
(B.5)

The cross-sectional area of the rod is given as:

Ar = π
(
r2
r,o − r2

r,i

)
(B.6)

Substituting the thickness ratio in Equation B.6 results in the new cross-sectional area definition:

Ar = πr2
r,o

(
1− 1

t2ratio

)
(B.7)

Substituting Equation B.7 in Equation B.5 and solving for the outside radius yields:

rr,o =

√
FmaxFoSt2ratio

0.67σyπ (t2ratio − 1)
(B.8)

The 0.67 factor is commonly used to limit the maximum occurring stress to account for fatigue effects.

Pressure requirement The piston rod is loaded with the hydraulic fluid pressure on its outside surface. The
required material thickness of a cylinder to withstand pressure is described by [46] as:

tpressure =
pmaxrr,o

10σt − 0.5pmax
+ c (B.9)

Here tpressure is given in [mm] and ro is the outside radius of the piston rod in [mm].

σt is the allowable stress in the rod material in [N mm−2] which is defined by the maximal yield strength as:

σt = 0.67e−6σy (B.10)

Note the maximal yield strength should be entered in [N m−2].

The inside radius defined by the pressure requirement is then given as:

rr,i−pressure = rr,o − tpressure (B.11)

B.1.2 Cylinder housing sizing
The thickness and radius of the cylinder housing should be sized to withstand buckling forces and the pressure
of the hydraulic fluid according to [46]. Both criteria are evaluated separately.

Buckling requirement Buckling critical load of the entire cylinder is discussed in the DNVGL class guidelines
for hydraulic cylinders [46]. The critical load is a function of a combination of the rod and housing sizing. The
rod is already sized to withstand the buckling load on its own, hence the equations found in the class guidelines
can be used to determine the needed housing thickness for the whole cylinder to withstand buckling. The critical
load in the class guideline is given as:

PE =
Eπ2

LZ
(B.12)

Here L is the total length of the extended cylinder in [m]. Z is given as:

Z =
L1

I1
+
L2

I2
+

(
1

I2
− 1

I1

)
L

2π
sin

(
2π
L1

L

)
(B.13)
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Here L1 and L2 are the lengths of the visible piston rod and cylinder housing measured from the attachment
point respectively. I1 and I2 are the corresponding moment of inertia’s op these parts. L is the total length of
the extended cylinder and thus equal to L = L1 + L2.

Using the expression for the moment of inertia found in Equation B.4, the critical load equation can be solved
for the outside radius of the housing (not shown).

The results from the DNVGL equation return very small thickness requirements. To backup the results, the
conventional euler critical load equation is used as well assuming the load is applied at the top of the cylinder
(stuck rod scenario). By rewriting the euler critical load equation in terms of the outside cylinder radius, the
following equation is obtained:

rch,o = 4

√(
PE +

π3E

4k2L2
r4
ch,i

)
4k2L2

π3E
(B.14)

Hydraulic pressure requirement The pressure in the cylinder tends to press the sidewall of the housing
outward, to ensure the cylinder walls can hold the required cylinder pressure, proper wall sizing should be
performed. [46] gives an expression for the minimal wall thickness in hydraulic cylinder housings:

tcylinder =
pmaxrch,i

10σt − 0.5pmax
+ c (B.15)

Here tcylinder is the thickness of the housing wall in [mm]. pmax is the design pressure in [bar], σt is the allowable
stress in [N mm−2], and c is a corrosion allowance usually taken as 0.3[mm]. The allowable stress is given by
67% of the total yield strength as σt = 0.67σy to account for fatigue effects.

B.2 Pipe loss model
Pipe losses include the pressure drop associated to pipe flow friction, friction due to resistances in the bends in
the pipe and manifold and the head loss due to gravity. The pipe flow resistance losses and resistance losses are
discussed below.

B.2.1 Pipe flow resistance loss
The pressure loss in a pipe due to flow friction δpp is described by the Darcy-Weisbach equation as:

δpp = λ
L

dflow
ρhf

v2
fluid

2
(B.16)

Here λ is the pipe friction coefficient, L is the length of the pipe in [m], dflow is the inside diameter of the pipe
in [m] determined in Subsection 4.3.2, ρhf is the mass density of the hydraulic fluid in [kg m−3] and vfluid is
the mean fluid velocity in the pipe in [m s−1].

The mean fluid velocity in the pipe is determined by the volume flow trough the pipe Q and the cross sectional

area of the pipe (Apipe = π
(
dflow

2

)2

) as:

vfluid =
Q

Apipe
(B.17)

The pipe friction coefficient λ is different in the laminar and turbulent flow region. The laminar friction
coefficient is determined in [176] as:

λla =
64

Re
(B.18)

With the Reynolds number Re defined as: Re = vfluid
fflow

νhf
. The friction coefficient in the turbulent region can

be defined with methods. Here the Swamee–Jain equation [154] is used with:
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λtu =
0.25(

log
(

ε
3.7dflow

+ 5.74
Re0.9

))2 (B.19)

Here ε is the roughness of the pipe taken as ε = 0.05[mm] [176]. The different flow regions are defined based on
the Reynolds number, a Reynolds number under 2300 is defined as fully laminar flow and a Reynolds number
over 4000 is defined as fully turbulent flow. To account for the transition region, the friction coefficient is
determined as:

λ(Re < 2300) = λla

λ(Re > 2300) = (1− fturbulence)λla + fturbulenceλtu

λ(Re > 4000) = λtu (B.20)

here fturbulence is the turbulence factor determined as:

fturbulence =
Re− 2300

4000− 2300
(B.21)

B.2.2 Pipe restriction loss
The pressure drop in the hydraulic system of the EHA due to restrictions in the flow path is simply described
by the resistance values of the bends in the pipe. Here we assume 4 90 deg corners are present in the system.
The pressure drop is then defined in [176] as:

δpr = 4Kcornerρhf
v2
fluid

2
(B.22)

Here Kcorner is the resistance value for a 90 deg pipe bend defined as Kcorner = 0.75 [176].

B.3 Seal friction model
The frictional forces on the seals are expected to behave as a fluid lubricated contact. Therefore the Stribeck
curve is ideally suited to model the cylinder friction. [18] describes a Stribeck function specifically for determining
losses in sliding contacts. The cylinder seal friction force can therefore be defined as [18]:

Fcyl,loss =
(
Fc + (Fs − Fc) e(|v|/vs)isign(v)

)
+ kvv[N] (B.23)

Here Fc is the coulomb friction force which is defined as:

Fc = Fnµf [N] (B.24)

The normal force Fn on the seals is a function of the pretension of the seal material on the sealing surface
defined in [91] as:

Fn = π (2 (rs − ts) + ts) spσav (B.25)

Here rs is the radius of the seal at the sliding interface and ts is the thickness of the seal which is taken as a fixed
value ts = 0.008[m]. sp is the contact width of the seal which is again taken as a constant value sp = 0.0015[m].
The use of a constant contact width is warranted for high pressure step seals as they are known to behave
largely independent of the working pressure. Finally σav is the average contact pressure of the seal which is
modelled in [91] as:
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σav = (2ε+ 0.13)
πEseal

6
(B.26)

With ε the maximum radial deformation of the seal which is often taken as ε = 0.14[−] [91] and Eseal the young
modulus of the seal material.

The stiction force Fs is assumed to be 30% larger than the coulomb friction force. Finally, the viscous coefficient
of friction kv is modelled by [93] as a function of the bearing contact area Ab, lubrication properties and the
clearance between the seal and contact surface at higher speeds yb:

kv =
Abµlρl
yb

[kg s−1] (B.27)

yb is assumed to be a constant value with yb = 8e−6[m] [93].

B.4 Loss model properties
To better understand the effect of sizing parameters on the power losses in the hydrostatic transmission, the
general loss sensitivities to the piston area Ap and the volumetric displacement of the pump Vg are shown below.

Hydraulic cylinder losses Hydraulic cylinder losses are caused by friction of the linear bearings and seals.
The piston area changes the diameter of these contact surfaces and hence influences the power loss. Figure B.1
shows the losses for the same working point of the actuator with respect to the piston area.

Figure B.1: cylinder friction loss sensitivity with respect to the piston area

A larger piston area results in a larger bearing contact surface and therefore decreased contact pressures resulting
in a lower power loss. The reduced pressure in the cylinder as a result of the larger piston area does not influence
the friction forces. The total power loss in the cylinder can be seen to be dominated by the bearing friction.
Seal friction only becomes noticeable for larger pistons.
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Hydrostatic pump losses Hydrostatic pump losses are caused by friction and leakage in the moving pump
parts. Figure B.2 shows the losses for the same working point of the pump and a varying volumetric displace-
ment. The detailed loss relations are shown in Appendix E.3.

Figure B.2: Hydrostatic pump loss sensitivity with respect to the displacement

The power losses in the pump are mainly caused by the leakage in the pump. Mechanical losses are much
less important which is explained by the well lubricated pump system. The overall pump power loss tends
to decrease with increasing volumetric displacement. The larger pump displacement results in lower pump
velocities which reduces both viscous and leakage losses significantly.
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Appendix C

Servo motor equations

Chapter 5 discusses the model development of the PMSM. Extra information with respect to the model devel-
opment is found in this appendix.

C.1 Sizing models

C.1.1 Configuration sizing

Motor pitch factors Both a pitch factor for the poles τp and slots τu on the stator can be determined. Both
factors are described in [72] as:

τp = 2π
ra
p

(C.1)

τu = 2π
ra
Q

(C.2)

The pole and slot pitch factors can also be used in determining the harmonic winding factor of the PMSM
windings in the stator. First the pitch factor should be determined according to (Wikipedia: winding factor):

kp = cos(a/2) (C.3)

Here a is the value by which the coil is short pitched. This is calculated as a = τp − τu. The harmonic winding
factor can then be calculated as:

kws = kdkp (C.4)

Here kd is the distribution factor which is often taken as 1 for the permanent magnet synchronous machine.

Tooth sizing Next, the required tooth width on the stator can be determined. The tooth width is dependent
on the magnetic properties of the motor and is described in [142] as:

bd =
LmτuBmax

kFeLrotorBdper
(C.5)

Here kFe is the stator core space factor and Bdper is the permitted flux density in the stator teeth in [T].
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Conductor sizing Conductor sizing is necessary to determine the resistance in the stator windings. The
resistance in the stator windings is a necessary parameter to determine the copper losses of the motor. A
model to determine the stator winding resistance is found in [142]. The first step is to determine the amount of
magnetic flux per pole:

φav =
2

π
Bδ (rrotor + tg)π

Lm
pp

(C.6)

With the magnetic flux per pole, the number of stator turns needed for the induced EMF by the permanent
magnets can be calculated. The maximum occurring EMF should be equal to the phase voltage Uphase of the
electrical supply bus. The number of stator turns should be an integer number, as such it is determined as:

Ns = ceil

(
Uphase√

2πfekwsφav

)
(C.7)

With the number of stator turn known, the number of conductors per stator slot can be calculated according
to:

Zq = ceil

(
Ns
ppq

)
(C.8)

Next, the conductors of the stator winding should be sized. For proper wire sizing, the maximum occurring
current trough the windings should be known. The maximum stator winding current is determined according
to:

Imax =
Pmax

phase effes · Uphase Pf
(C.9)

Her Pmax is the maximum mechanical output power of the PMSM in [W]. effes is the estimated efficiency of
the PMSM which is fixed to 90%. Pf is the estimated power factor of the PMSM fixed to 0.9. The maximum
occurring stator winding current can then be used to determine a suitable cross-sectional area of the stator slot:

Scs =
Imaxzq
Idens kcs

(C.10)

Here Idens is the current density of the stator in [A m−2] and kcs is the winding space factor which is used to
account for spacing due to wire insulation. The cross-sectional area of the stator slots is then used to determine
the cross-sectional area of the conductors:

Acon =
Scs
zqkcs

(C.11)

Finally, the total length of copper per phase can be determined according to:

Lw = zqqp (Lrotor + bd) 2 (C.12)

The resistance of the windings is finally given as a function of the winding length and the cross sectional area
of the winding conductors:

Rs =
ρresLw
Acon

[Ω] (C.13)

Here ρres is the resistivity of the winding material in [Ω mm2 m−1] and Rs is the total resistivity of the winding
in [Ω].
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Stator housing sizing Stator housing sizing is done with a model from [142]. First, the height of the
permanent magnet material and the height of the stator yoke should be determined. The height of the permanent
magnets is calculated as:

hPM =
Um

Hc − Hc

Br
Bmax

(C.14)

Here Um is the magnetic voltage in the air gap which is determined as: Um =
Bmaxgeq

µ0
where geq is the equivalent

airgap which is dependent on the chosen winding type. Here a concentrated winding type is chosen as this results
in a slightly higher power density compared to distributed winding types:

geq = kctg (C.15)

Here kc is carter’s coefficient for a distributed winding type. Hc is the coercivity of the permanent magnet in
[A m−1] and Br is the remanence of the permanent magnet in [T]. Next, also the height of the stator yoke is
calculated:

hys =
φav

2kFeLrotorByper
(C.16)

Here kFe is the stator core space factor and Byper is the permitted magnetic flux density in the yoke in [T ].
The Yoke internal radius can be determined next by adding the tooth length to the inside stator radius. The
tooth height is determined by:

ht =
−Qbd + 2raπ −

√
(Qbd − 2raπ)

2
+ 4QScsπ

−2π
(C.17)

Here Q is the number of stator slots and ra is the stator internal radius. Above equation is derived by rewriting
the equation for the total cross sectional area between the inside stator radius and the inside yoke radius. Figure
C.1 shows the main sizing parameters of the stator.

Figure C.1: PMSM stator sizing parameters.

126



The respective volume of the yoke and teeth can than be determined as:

Vy =
(

(ry + hys)
2 − r2

y

)
Lrotor π (C.18)

Vt =
((
r2
y − r2

a

)
π −QScs

)
Lrotor (C.19)

Masses of these components define the electrical steel mass of the PMSM. The mass of these components is an
important parameter in determining the iron losses of the PMSM:

mc,y = ρesVy (C.20)

mc,t = ρesVt (C.21)

Here ρes is the density of electrical steel.

C.1.2 Load sizing

As the axle of the PMSM should be capable of withstanding the torque induced shear forces, the minimum
radius of the axle rax is determined by shear force requirements. The minimum axle radius according to this
requirement si determined by:

rax = 3

√
1.73fsc2TratedFoS

0.67πσy
(C.22)

Here fsc is a stress concentration factor fixed to fsc = 1.1 and FoS is a structural safety factor. Factors 1.73
and 0.67 are respectively the von misses total stress to shear stress ratio and the fatigue correction factor. σy
is the yield strength of the axle material.

C.1.3 Static mass fit

The static mass of the PMSM is determined using a scaling law fit to mass data found in catalogue data of
Rexroth (Table C.1). The scaling law is found in [30], fitting this scaling law to the catalogue data from Rexroth
gives:

mPMSM = 1.4515T
6/7
rated (C.23)

The fitted scaling law is shown in Figure C.2.
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Figure C.2: Fitted scaling law of the PMSM mass.

Table C.1: Rexroth catalogue data, obtained from www.boschrexroth.com MSK series synchronous servo motors

Max RPM Tmax [N m] Imax [A] Irotor [kg m2] Mass [kg] Umax [V]
9000 1.8 6.8 0.000013 1.3 750
9000 4 6.8 0.00003 1.9 750
6000 5.1 6 0.0001 2.8 750
7500 5.1 8 0.0001 2.8 750
6000 8.1 9.6 0.00014 3.6 750
7500 8.1 12.4 0.00014 3.6 750
7500 12.5 18.5 0.000083 3.6 750
4300 9 7.2 0.00028 4 750
6000 9 11.2 0.00028 4 750
6000 9 14.8 0.00028 4 750
4700 15 12.4 0.00033 5.4 750
6000 15 18.8 0.00033 5.4 750
6000 15 24.8 0.00033 5.4 750
4800 15 12 0.00048 5.7 750
6000 15 24.4 0.00048 5.7 750
4900 24 19.2 0.0008 8.4 750
6000 24 38 0.0008 8.4 750
4200 14 8.6 0.00044 5.7 750
3100 32 14.4 0.000752 8.3 750
4200 32 19.4 0.000752 8.3 750
6000 32 34.7 0.000752 8.3 750
2500 33 12.6 0.00291 11.7 750
5500 33 25 0.00291 11.7 750
6000 33 36.9 0.00291 11.7 750
2700 52.5 24.8 0.00375 14 750
4900 52.5 33 0.00375 14 750
6000 52.5 49.8 0.00375 14 750
2200 70 25.6 0.00458 16.2 750
5300 65 49.3 0.00458 16.2 750
6000 60 57.9 0.00458 16.2 750
3500 44 23.4 0.00173 13.9 750
5000 44 32.9 0.00173 13.9 750
5800 44 40.1 0.00173 13.9 750
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3200 66 32.8 0.0023 18 750
3800 66 40.5 0.0023 18 750
6000 66 69.3 0.0023 18 750
3400 84 45.5 0.0029 23.5 750
4200 84 56.3 0.0029 23.5 750
6000 84 90.1 0.0029 23.5 750
4100 44 28.4 0.00352 14.8 750
5000 44 37.8 0.00352 14.8 750
6000 44 56.7 0.00352 14.8 750
3800 64 37.4 0.0049 19 750
4800 66 52.7 0.0049 19 750
6000 64 74.3 0.0049 19 750
3850 88 45.9 0.00613 22.5 750
5200 88 63.9 0.00613 22.5 750
6000 88 83.7 0.00613 22.5 750
4700 43.5 32.4 0.0043 13.8 750
5000 43.5 54.9 0.0043 13.8 750
4400 54 41.4 0.011 23 750
5200 54 45.9 0.011 23 750
6000 54 54 0.011 23 750
4100 102 66.2 0.0192 34 750
4500 102 78.3 0.0192 34 750
4500 102 106.7 0.0192 34 750
4500 102 110.7 0.0192 34 750
3500 148 79.7 0.0273 45.1 750
4500 148 97.2 0.0273 45.1 750
4000 148 159.3 0.0273 45.1 750
2000 187 58.5 0.035 56 750
3000 187 93.2 0.035 56 750
3000 185 135 0.035 56 750
3300 110 67.1 0.0065 28.3 750
4500 110 84.2 0.0065 28.3 750
5800 110 113 0.0065 28.3 750
3400 160 99.9 0.00932 40 750
4600 160 137.7 0.00932 40 750
6000 160 187.7 0.00932 40 750
3500 231 144.5 0.0138 53.5 750
4600 231 187.4 0.0138 53.5 750
6000 231 262.4 0.0138 53.5 750
4800 51 40 0.00442 18 750
4700 85 63 0.00594 22.5 750
4600 138 94.7 0.00894 31.6 750
3200 250 165 0.0232 84 750
3000 495 293.4 0.0382 116 750

C.2 PMSM parameters

Table C.2: PMSM fixed parameters

Parameter Value Comment
kFe 1.5 & 2 Experimental iron loss correction factor for the yoke and teeth [117]
Bc 1.3 & 1.59 Magnetic flux strength correction factor for the yoke and teeth [117]
P15 0.9[kg−1] Experimental power density factor [117]
kρ 10[Ws2/m4] Experimental mechanical loss factor [127]
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Appendix D

General parameters and equations

D.1 General parameters
Sizing and power loss models make frequent use of material properties and physical constants. These general
parameters used in the various models are listed below.

Parameter Value Explanation
Est 230e9 [Pa] Young modulus of steel
Ehs 201e9 [Pa] Young modulus of hardened steel (50CrMo4 [29])
Eal 68.9e9 [Pa] Young modulus of aluminium (A6061 aluminium)
Eseal 4e6 [Pa] Young modulus of rubber (70 shore A rubber [15])
µhf 220e−6 [m2 s−1] Kinematic viscosity of hydraulic fluid (mineral oil ISO 68)
νhf 2e−5 [m2 s−1] Kinematic velocity of hydraulic fluid (mineral oil ISO 68)
βhf 700e6 [N m−2] Bulk modulus of hydraulic fluid (mineral oil ISO 68)
ρes 7650 [kg m−3] Density of electrical steel
ρst 7800 [kg m−3] Density of steel (50CrMo4 [29])
ρcst 7300 [kg m−3] Density of cast steel
ρcu 8960 [kg m−3] Density of copper
ρal 2710 [kg m−3] Density of aluminium
ρhf 880 [kg m−3] Density of hydraulic fluid (mineral oil ISO 68)
σy,st 650e6 [Pa] Yield strength of high strength steel (50CrMo4 [149])
σy,al 310e6 [Pa] Yield strength of die-cast aluminium
σgear 1000e6 [Pa] Fatigue strength limit of gear material [119]
σc380 3e8 [Pa] Compressive strength of Orkot c380 material (linear bearings)
FoS 1.5 General structural safety factor

FoShydraulic 6 General structural safety factor
nmax 3300 [rpm] Maximum allowable motor speed
pmax 330e5 [Pa] Maximum allowable system pressure
µ0 4e−7π [H m−1] Permeability of free space

D.2 Cubic Mean Load

The cubic mean load is a necessary parameter in determining the sizing of mechanical components for its design
lifetime. The cubic mean load is determined based on a representative time series of the forces on the actuator
during normal operation.

As the cubic mean load is influenced by preload on the mechanical transmission, the required preload is de-
termined as well. The model determining the cubic mean load described in this section is based on equations
found in the design guidelines for the planetary roller screw detailed in the datasheet of Nook industries and
Rollviss swiss.

The cubic mean load or equivalent load is determined according to:
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Feq = 3

√∑t
i=0 sviP

3
i∑t

i=0 svi
(D.1)

Here s is the time step of the time series and t represents the number of samples in the time series. vi is the
velocity of sample i in [m s−1] and Pi is the load at sample i in [N]. The load in the actuator is given in the time
series but is altered by possible preload in the transmission. According to design guidelines of Nook industries,
the preload compensated actuator load is given as:

P (P < Pcomp ) = 0.65 · P + Fp
P (P ≥ Pcomp ) = P

(D.2)

Here P is the load given by the time series in [N]. Pcomp is the load compensated by the preload force in [N].
Fp is the preload force in the mechanism in [N]. The preload force is given according to Nook industries by:

Fp =
Pcomp
2.83

(D.3)

D.3 Scaling coefficients
Mass scaling of the different EMA and EHA components is dependant on multiple parameters. As a reference
for the interested reader, scaling laws with respect to the main sizing parameter for actuators resembling the
Ampelmann A-type actuator are shown below. These scaling laws are derived from the models detailed in
Chapter 3 and 4. Note that these scaling laws are are a very crude approximation of the actual scaling and are
(with exceptions) not used in the models of the developed preliminary design tool.

EMA

Table D.2: EMA crude scaling laws

Property Scaling

Mechanical cylinder mass Mcylinder = 0.17Fmax[kg]

Gearbox mass (Rgear = 2) Mgearbox = 4.3e−3Tmax + 4.5T
1/2
max[kg]

Mechanical cylinder moment of inertia Icylinder = 2.8e−8F 2
max[kg m2]

Gearbox moment of inertia (Rgear = 2) Igearbox = 6.9e−5Tmax[kg m2]

EHA

Table D.3: EHA crude scaling laws

Property Scaling

Hydraulic cylinder mass Mcylinder = 2e−4F
6/5
max[kg]

Hydraulic manifold mass Mmanifold = 422 + 1.53e5Q
3/2
max[kg]

Hydrostatic pump mass 1 Mpump = 0.75Vg[kg]

Hydrostatic pump moment of inertia 1 Ipump = 1.007e−1V
5/3
g [kg m2]

1Vg is defined in [cm3]
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Appendix E

Sensitive information

This appendix has been removed to protect the commercial interests of companies providing data in this
appendix. Contents of this appendix are available to members of the thesis committee mentioned on the
title page and to Ampelmann B.V..

E.1 Ampelmann actuator Requirements

E.2 Ampelmann actuator test timeseries

E.3 Hydrostatic pump losses

E.4 Preliminary design tool
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Appendix F

Papers

The paper formats of Chapter 3, 4 and 6 are added as a digital download below. Contact the author of this
report should the download link not work.

F.1 EMA sizing and loss model development
https://mega.nz/file/CV4CBaxS#1m3uf2Dj_RApf0BeV7SGiX8a47djuZfFrdv0fXEa41M

F.2 EHA sizing and loss model development
https://mega.nz/file/yUpWQIrT#HiXuCLV1Zu7QAZVUi5NYFg9n9KzvhTVucVtlE5RcE1Y

F.3 High power linear actuator properties in hexapod applications
https://mega.nz/file/Gd4EiS7B#F0miuk-KQaZKREjXD_2y0_kHZIAAZbHDOIwoDywqLRo
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Appendix G

Literature review

G.1 Introduction
Motor technology is moving more and more away from fossil fuel towards electric solutions. The same trend
is seen in actuator technology. Actuators are components in a machine which are capable of actively moving a
mechanism. Ampelmann operations B.V. is a company specializing in offshore crew and cargo transfer. Their
product line makes extensive use of high power linear actuators. Those actuators currently consist of hydraulic
cylinders in combination with large hydraulic power units. To update their product line, Ampelmann is looking
into electrification of the actuators with the idea of possible weight and efficiency benefits. From previous initial
feasibility studies, some concerns for pure electro-mechanical actuation were expressed:

• Installation length in combination with the needed stroke could be difficult.

• Redundancy of a mechanical actuator is hard to realize.

• Active lubrication strategies are needed to prevent heat build-up.

• More power is needed due to high inertia of spindles at fast accelerations.

• Electro mechanical components are not readily available in the market.

However, no extensive study towards the different existing linear actuator technologies and their individual
properties has been performed. This report details the overview of existing linear actuator technologies for use
in high power applications. First the different actuator styles are discussed. Next, the most promising actuator
solutions are discussed with regards to implementation in high power applications (Ampelmann requirements).
Finally, a literature review is performed based on quantifiable data found in relevant papers on the subject.
At the end of the report, a proposal for a new research project is given to fill a knowledge gap in high power
electric linear actuation technology.

G.2 Ampelmann specifications
Ampelmann has a goal of making offshore access as easy as crossing the street. To enable this goal, a series of
motion compensated gangways are created which mount on top of a transfer vessel. Transfer between the vessel
and an offshore structure is enabled by actively compensating vessel motion to create a motionless platform
above the ship deck. From this platform the gangway can be positioned to create a bridge between the platform
and the offshore structure. The motion compensated platform is actuated with a hexapod setup. A hexapod
is a type of parallel manipulator which uses six evenly spaced linear actuators to allow six degrees of freedom
motion. The hexapod setup is chosen as this eliminates any residual movements in the gangway during cargo
and crew transfer over the walkway or on the cargo hook. Multiple variants of the Ampelmann system exist,
each with their own set of work-ability specifications. This report will focus on the Ampelmann A type system,
a people transfer system which can be used in sea states up to 3.0m Hs. The current A type with conventional
hydraulic actuators is shown in figure G.1.

As the hexapod motion system actively compensates vessel motion to obtain a motionless platform, operational
requirements on the actuators are largely imposed by motion of the sea and vessel response. Analysis of vessel
responses to motion of the sea is an entire research project on its own. This research is already extensively
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Figure G.1: Ampelmann A-type with conventional hydrualic actuators in operation.

performed by Ampelmann, as such force, velocity and acceleration requirements on the actuators are taken as
a given. This chapter discusses the system requirements for the Ampelmann A type. System requirements are
leading in selection of valid actuator technologies and therefore determine the range of representative literature.

Operational requirements

As stated above, operational requirements on the hexapod actuators are taken as a given in this report and are
shown in table G.1. To make the requirements more tangible, forces, velocities and accelerations of the system
are obtained from an extensive time series and plotted in histograms in figure G.2. From the histograms, it is
clear that the values shown in table G.1 are the absolute extremes. The velocity histogram shows a perfectly
centered data distribution around standstill. Approximately 95% of the data is centered between ±0.5 m s−1.
The maximum velocity requirement for the actuators is therefore only needed in much less than 5% of the time.
The accelerations of the actuators are also centered around 0 m s−2, here 95% of the data is found between ±0.5
m s−2. The maximum acceleration requirement is never met in this time series. The distribution of the actuator
positions is a little less symmetric. The actuator position is approximately centered at 0.75 m extension and has
a functional range of approximately 1.5 m. The actuator stroke requirement of 2 m thus accounts for possible
uncontrolled overshoot. The mean motion amplitude is approximately 0.34 m with a mean frequency of 0.15
Hz. Finally, the force distribution shows four separate peaks. These peaks can be explained by the asymmetric
loading condition of the hexapod platform. Depending on the location of the actuator in the hexapod, a different
loading is expected during operation. The majority of the loads is also seen to be positive. This means actuators
are mostly loaded in compression. Only in approximately 5% of the total cylinder time (all cylinders combined)
is the cylinder loaded in minor tension. Furthermore we can see that the maximum needed actuator force is
closer to 100 kN than the required 150 kN. Note that these results are obtained from a single time series. Other
time series might yield different results. Especially the acceleration requirement is not reflected in the shown
acceleration distribution. Acceleration requirements of the actuator might be interesting to reevaluate in later
stages of this project.
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Table G.1: Functional actuator requirements

Functional requirements Value

Actuator stroke [m] 2

Max force [kN] 150

Max velocity [m s−1] 1

Max acceleration [m s−2] 4.8

(a) Actuator velocity (b) Actuator acceleration

(c) Actuator position (d) Actuator force

Figure G.2: Operational requirement histograms

Functional requirements

Next to the operational requirements, some requirements based on the functionality of the actuators are given.
These requirements have to do with energy efficiency, cost efficiency, mass and reliability of the system.

Energy efficiency

An important goal of Ampelmann is the reduction of energy consumption during operation. This goal is not
only driven by the environmental implications, but is also necessary due to the limited electric energy supply
on board a vessel. In reality, an electric power supply of two times 16 kW is present on the vessels where
Ampelmann systems are installed. As the motion of the hexapod platform is cyclic, energy regeneration is a
very convenient way to reduce total energy consumption. To be able to use the principle of energy regeneration,
the actuator should be backdrivable or not self-locking. A self-locking actuator would require positive power
input for both actuation directions resulting in two quadrant motoring operation.
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Cost efficiency

The Ampelmann A-type is a commercial product, as such the hexapod actuators should be economically viable.
Cost efficiency of an actuator has much to do with detailed design choices, however use of exotic materials and
complex designs should be avoided. Gains in energy efficiency and weight reduction should always be weighted
against added production costs. The order of magnitude for the build cost of a single actuator should not exceed
AC 100000.

Weight reduction

Ampelmann systems are mounted on top of crew and transport vessels. Weight and footprint of the Ampelmann
system severely influences the remaining capacity of the vessel for other cargo. A lighter system is therefore
preferable to costumers as the vessel trip will be more profitable when more cargo can be loaded. Weight
reduction puts a high emphasis on an increased power density of a system. Note that the emphasis lies on
weight and not on mass or inertia as dynamic effects due to a higher mass of the actuator are less of an issue
than the total weight of the system in this specific use case. Mass and inertia of the moving parts of the actuator
on the other hand should be kept low for better acceleration behavior.

Reliability

Safety is the core idea behind the Ampelmann system. As such reliability plays a major role in selection of
actuator technology. Current Ampelmann hydraulic actuators are made for 10 years design life. However,
cylinders are only used for 5 years at a time before maintenance is needed due to salt water corrosion. Hence
average cylinder life time would be 5 years or approximately 5000 operating hours. As current Ampelmann
actuators don’t experience failure due to failure mechanisms, no practical failure data is available.

Figure G.3: FMECA ranking system.

From a failure mode, effects and criticality analysis (FMECA) performed by Ampelmann on the A3.0 hexapod
system, loss of actuator control is classified as ’Catastrophic’. The different severity and criticality ranks which
can be found from FMECA are shown in figure G.3. To get the hazard down to an ’Undesirable’ acceptability
level, the remote criticality ranking should be reached. As such, the probability of occurrence of events leading
to loss of actuator control should be below 1%. With a total life time of 10000 operating hours, this would yield
a maximum failure rate of 1e− 6 failures per hour for failure modes leading to loss of actuator control. This is
for example valid for failure modes leading to a jammed actuator.

For lifetime assessment, the total distance traveled per operating hour per cylinder should be known. From the
simulation discussed above, the maximum distance traveled per operating hour per cylinder is equal to 760 m.
Over the course of the entire system lifetime, a total distance of 7600 km is traveled by a single actuator.

Current Ampelmann actuation

Ampelmann uses conventional hydraulic actuators in combination with a large hydraulic power unit (HPU) on
the majority of its systems. A large drawback of conventional hydraulics is the large power loss in velocity
control due to the throttling valves [76, 47]. In the Ampelmann A-3.0, these conventional hydraulic actuators
are replaced by electro-hydrostatic actuators (EHA). EHA combines the advantages of hydraulic power with
the flexibility and controlability of electric solutions (see section G.3). The EHA setup in the A-3.0 is currently
being tested by Ampelmann, the expected performance is discussed below as a benchmark for future actuator
concepts.

137



The EHA setup used in de Ampelmann A-3.0 consists of two redundant permanent magnet synchronous servo
motors in combination with two redundant axial piston displacement pumps. The pumps have a variable
displacement architecture but are set to a fixed displacement using a setscrew. The pumps are coupled trough
a redundant set of cartridge valves to both ports of a symmetric double acting hydraulic cylinder. A small
accumulator is used to avoid cavitation at the suction side of the pump. An additional charge pump is used to
compensate leackage of all six actuators of the hexapod. The charge pump also pressures the low pressure side
of the hydraulic system to a minimum pressure to obtain a better drive stiffness. The actuator is operated with
power electronics controlling the motor speed and torque. The redundant setup ensures the system can still
operate at approximately 70% capacity when a single motor, pump or valve fails. More information on EHA
architectures is found in section G.3.

As the motion platform of the Ampelmann system moves up and down, power consumption of the actuators
varies a lot during operation. Determining a single efficiency is therefore almost impossible. The energy efficiency
of the actuators will vary according to the required force and velocity at a given instant. To get an idea of the
system efficiency, an efficiency surface based on the required force and velocity can be made. The efficiency
analysis of the electro-hydrostatic actuators will be performed based on an Ampelmann internal power balance
prediction made with manufacturer data. Results will be based on the same time series as used in section G.2.
In combination with the operational requirement histograms of figure G.2, the efficiency at different working
points can be discussed. The power density of the EHA actuators can simply be determined by dividing the
maximum power capacity by the total actuator system mass.

Efficiency analysis

The efficiency analysis of the A-3.0 hexapod actuators poses some difficulty. Due to the four-quadrant operation
of the actuators, power levels can cross zero when the actuator moves from the motoring to generating regime
and vice versa. Calculating the efficiency as η = Pout

Pin
will therefore result in asymptotic behavior of the efficiency

over time. Furthermore, the data for both Pout and Pin switches as motoring and generating efficiencies are
given by respectively equation G.1 and G.2 [11]. Here F and v are the force generated by the actuator and the
linear velocity of the actuator. V and I are the voltage and current fed to the system.

ηmotoring =
F · v
V · I

(G.1)

ηgenerating =
V · I
F · v

(G.2)

As a result, the efficiency over time is determined by a discontinuous function. When both input and output
power are positive, efficiency is determined according to the motoring regime. When both input and output
power are negative, efficiency is determined according to the generating regime. In all cases where input and
output power have different signs, the efficiency equals zero. By having different signs for input and output
power, calculated efficiency would be negative. In practice this means the efficiency is equal to zero in this
transition region as no useful power is created. The different efficiency regions are shown in figure G.4. Note
that the shown efficiencies are examples and do not represent the general efficiencies of motoring and generating
regimes. The slight shift in the zero-efficiency point seen around the transition zone is due to discretization of
the data.
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Figure G.4: Efficiency regions over time

With the information above, the efficiencies for each operating point of the actuator can be found. Operating
points are defined by the combination of a force and velocity value. In figure G.5, the efficiency is determined
for all motor speed and torque combinations (mechanical input power).

Figure G.5: Efficiency surface

The efficiency surface plot clearly shows that both the forward braking and reverse motoring quadrants are
used only with very small loads at low efficiency. The majority of operating points is situated in the forward
motoring and reverse braking quadrants as can be expected for a heavy system as gravity effects become more
dominant. Some discontinuities in the efficiency surface are seen. This can be explained by the combination
of data from different cylinders, at the edges of the operating point of a single cylinder less data points are
obtained, this results in poor surface generation at locations where non of the cylinders is frequently operating.

Calculating the overall energy efficiency of the system poses another problem. Energy efficiency is fundamentally
defined as the ratio of work done by the system to heat provided to the system. Mechanical work is defined as
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the product of force and displacement. The Ampelmann platform starts and ends in the same location with
respect to its boat fixed frame, as such nu useful work is performed by the system. Using a zero value for
performed work in the energy efficiency equation, we find the Ampelmann platform has a fundamental energy
efficiency of 0%. As such, all energy (heat) going into the system is defined as energy loss. Required energy
for a given task therefore is a better metric to compare linear actuators for a specific application compared to
efficiency of the actuator at a single working point.

Power density

Power density of the actuator is defined as the peak available output power per unit mass of the actuator system.
The actuator system is the combination of all actuators and peripherals such as power electronics and energy
storage needed for operation. The peak available output power of the actuator is determined from the functional
requirements on force and velocity. Peak output power is thus defined as Ppeak = 150 kW per actuator and
as Ppeak,system = 900 kW. The mass per actuator as defined by Ampelmann equals 1850 kg excluding power
electronics and other peripherals. An approximate weigth of 2000 kg per actuator including peripherals thus
seems as a reasonable estimation. The power density of the electro-hydrostatic actuator system currently being
tested at Ampelmann is therefore equal to approximately 0.075 kW kg−1.

G.3 Linear actuator technologies

Chapter G.2 introduces the Ampelmann motion compensated gangway platform and the associated actuation
requirements of the linear actuators moving the platform. Linear actuators exist in different forms and sizes.
To find an optimal actuator design for the requirements given in chapter G.2, it is important to be aware of
existing linear actuator technologies and their properties. This chapter will provide an overview of existing
linear actuator technologies. The focus will be on actuator technologies suited for high power levels given by a
combination of high forces and high velocities. First, a general description of a linear actuator is given. Next,
the linear actuator is discussed in the context of the hexapod motion platform. Finally, different actuator
technologies and their variants will be discussed. In chapter G.4 the most promising technologies will be
discussed and compared in more detail.

Linear actuators

A linear actuator is a device which converts a form of potential energy such as electrical potential or chemical
potential energy to a linear motion and corresponding force. The linear motion can either be generated by
a linear motor or by a combination of a rotary motor and a rotary to linear transmission system. Every
transmission system has its own set of benefits and drawbacks. In general, linear actuators are compared on
efficiency, load capacity, operation velocity, cost, lifetime, accuracy and backlash [73]. In general, the high
power linear actuator consists of a few major parts shown in figure G.6. First, electrical or mechanical energy is
converted to mechanical energy by a motor (part A). Next, this mechanical energy is converted for transportation
(part B). Finally, a cylinder type transmission (part C) is used to convert the input power to the final linear
force and velocity required from the actuator.
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Figure G.6: High power linear actuator components

The hexapod actuator

The hexapod is the kinematic platform used in the Ampelmann motion compensated gangways as seen in figure
G.7. The hexapod is a 6-DOF parrallel manipulator consisting of a moving platform and a fixed base connected
by six linear actuators [78]. The non-linear platform mechanics require advanced control of the actuators to
correctly control the platform dynamics [78, 156]. A lot of research has been performed towards the motion
dynamics of hexapod type manipulators, often in the context of full motion flight simulators. The majority of
these hexapod manipulators are actuated using conventional hydraulic actuators (see section G.3) due to their
high power to size ratios (on cylinder level) and high stiffness [78].

Figure G.7: Ampelmann A-type motion compensated gangway on the hydraulic hexapod platform. [2]
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As the hexapod largely determines the loading of the individual actuators, ideally actuator technologies are
studied within the application of hexapod manipulators. [37] describes the use of the electro-hydrostatic actuator
(EHA, see section G.3) to actuate the hexapod. With a motion frequency and amplitude of respectively 0.2 Hz
and 0.1 m power consumption of the EHA is only 4.7 kW. This is almost a factor 10 lower compared to the 45
kW needed with conventional hydraulic actuators [37]. The same paper also indicates overall power saving is
difficult to predict as the duty cycle and magnitude of motion will change with different flight training scenarios.
The same is true on a more global scale as power consumption and efficiency is very dependent on the specific
application of the actuator. In a whitepaper by Moog Inc. the conventional hydraulic actuators are compared
to electro-mechanic actuators (EMA, see section G.3) based on a life cycle cost analysis. The paper assumes
an actuator with a maximum load rating of 133.5 kN and a maximum stroke of 1.5 m. System losses of both
actuators are found to be 39.4 kW and 10.07 kW for the conventional hydraulic actuator and electro-mechanic
actuator respectively [19]. The EMA setup hence needs 1

4

th the power of the conventional setup. The potential
of energy regeneration in the EMA setup is however neglected, making the comparison between the EHA and
EMA setup unfair. In general however, both EMA and EHA actuators seem to have an advantage on energy
consumption compared to the conventional hydraulic actuators.

The amount of papers discussing linear actuator technology in context of hexapod platforms is limited. As such,
the remainder of this report will look at literature concerning the actuator as an individual object.

Hydraulic actuators

Figure G.8: Simplified representation of a conventional hydraulic actuator

Conventional hydraulic actuators are the workhorse in construction machinery. They use a combination of a
hydraulic pump, valve system and a hydraulic cylinder to convert rotary mechanical energy in linear mechanical
energy. A simplified representation of the hydraulic actuator is shown in figure G.8. A hydraulic pump connected
to a diesel or electric motor continuously keeps a hydraulic network at a preset pressure. The double acting
hydraulic cylinder has two sides called the A and B chambers as can be seen in figure G.9. To extend the
actuator, a servo valve regulates the pressure to the A chamber of the hydraulic cylinder to obtain the desired
force. Retraction is obtained by connecting the B chamber to the pressure reservoir while releasing the pressure
on the A side to an atmospheric pressure tank. As the majority of the hydraulic actuator components can be
placed a distance away from the actual hydraulic cylinder, a small and light cylinder can produce high forces
[47]. Power density of the hydraulic cylinder is about five times higher compared to electric machines [136],
up to 10 kW kg−1 [113]. When accounting for the entire actuator system, power density is significantly lower
compared to the cylinder only and similarly sized electric machines.
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Figure G.9: Double acting hydraulic cylinder layout

Many linear actuators operate in cyclic motions, to decrease energy consumption of conventional hydraulic
actuators, energy recovery principles can be used. In an electric system, energy recovery can be implemented by
using the electric motor as an electric generator. As such, electrical energy can be delivered back to the power
grid. Often a battery or capacitor bank is used to store regenerated electrical energy to relief the actual power
grid. In conventional hydraulics, energy recovery can be implemented by means of hydraulic accumulators. An
accumulator is a pressure storage reservoir where hydraulic fluid is held under pressure of either a spring or
compressible gas. A schematic representation of an accumulator using a compressible gas is shown in figure
G.10. The use of hydraulic energy recovery and storage is advantageous as hydraulic accumulators have one
order of magnitude higher power density compared to electric batteries with respectively 5 kW kg−1 and 0.5
kW kg−1 [136]. Round trip efficiency of a hydraulic accumulator can reach 94% compared to 81% for an electric
battery, especially at frequent acceleration and braking [136]. Combined with less conversion steps compared
to electric hybrids, this enables more efficient recovery of kinetic energy [97]. The disadvantage of the hydraulic
accumulator compared to electric batteries is the much lower energy density. Energy density of the hydraulic
accumulator is approximately two orders of magnitude smaller compared to the energy density of an electric
battery [97].

Figure G.10: Hydraulic pressure accumulator using a compressible gas.

Another option to reduce energy consumption of the conventional hydraulic actuator lies in the control of the
servo valves. Under normal operation, a constant hydraulic pressure is needed for the actuator to work correctly.
As such, the hydraulic pump is continuously being driven to keep the hydraulic network under pressure. When
the actuator is at standstill, al input power is then converted into heat [63, 76]. By closing the servo valves,
hydraulic actuators don’t require additional energy to hold a constant load [22]. This enables reduction of pump
operation in periods of continuous load.

Efficiency of the conventional hydraulic actuator depends on multiple factors. Power losses occur due to me-
chanical friction in the cylinder, hydraulic leakage in the pump and electrical losses in the motor. However, the
largest losses occur as a result of velocity control in the hydraulic orifices and servo valves [76, 47]. Approxi-
mately 30% of hydraulic power is lost in these valves [180]. As a result, conventional hydraulic actuators can
reach maximal efficiencies of approximately 70% [122]. This efficiency is only reached under seldom occurring
perfect conditions. A system efficiency of 30 to 35% is more realistic during operation [100, 180]. Due to the
risk of hydraulic fluid spills, high maintenance requirements result in high operating costs [129]. Even though
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highly inefficient, the conventional technology has some beneficial characteristics such as four quadrant opera-
tion, high drive stiffness, high durability, reliable operation, low power consumption with stationary loads, and
high scalability [140].
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Electro-hydrostatic actuators

Figure G.11: Simplified representation of an electro-hydraulic actuator

Electro-hydrostatic actuators (EHA) are a class of actuators which use hydraulic technology for the transmission
of rotary mechanical energy to linear mechanical energy in combination with an electric drive. As such, electro-
hydrostatic actuators combine the power density of conventional hydraulics with the flexibility and controllability
of electric solutions [17]. This means EHA maintains largely the same characteristics of back-driving, overload
protection and damping as conventional hydraulics [58]. A simplified representation of the electro-hydrostatic
actuator is shown in figure G.11. In EHA, a hydraulic cylinder is directly connected to a four quadrant positive
displacement (hydrostatic) pump [5] which in turn is connected to an electric machine. Here the hydraulic
cylinder and pump represent part C and B of figure G.6 respectively. The positive displacement pump can
be implemented as either a fixed displacement or variable displacement pump. Figure G.12 [140] shows the
architecture of actuators using both pump options and an additional open circuit variation. Both options are
discussed in subsection G.3 and G.3 respectively.

An alternative EHA architecture with multiple cylinder surfaces is proposed in [28] with the potential of de-
creasing the necessary installed power of the motor. This is done by alternating between actuation surfaces in
the cylinder to obtain the optimal transmission ratio for the operating point. For large stroke machines, this
architecture becomes very bulky and impractical to use. Alternatively, decreasing necessary installed power
can be achieved by compensating the static load on the hydraulic cylinders with a gas spring. As such, the
electro-hydrostatic circuit only needs to control the dynamic loading [74].

Figure G.12: Examples on EHA architectures. (A) Variable displacement, closed circuit drive (B) Variable
speed (fixed displacement), closed circuit drive. (C) Variable speed, open circuit drive.[140]

The major difference between EHA and conventional hydraulics is the lack of velocity control valves. The EHA
is controlled directly by either the motor or the pump. Fluid in the EHA is pumped from one cylinder side
to the other resulting in a closed circuit system [140]. The closed loop means an accumulator is needed in the
system to avoid cavitation in the pump due to low pressure on the suction side and to make up for any dynamic
leakage [62]. Alternatively, a charge pump can be used to the same purpose [90].
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According to Li et al.(2016), overall system efficiency of the EHA can be as high as 60% compared to 30 to
35% for conventional hydraulic actuators [100]. This efficiency is largely influenced by the potential of energy
regeneration in the system. As any hydraulic machine can both be used as a hydraulic pump and motor
[116], potential energy of the system can be recovered to electric energy. An alternative to electric energy
regeneration is found in hydraulic energy regeneration as proposed by [180]. The architecture of this hydraulic
energy recovery EHA as seen in figure G.13 uses two hydraulic accumulators and two servo valves. This setup
reduces the needed motor currents during peak accelerations and therefore increases thermal performance of
the actuator. The use of servo valves means this EHA architecture is more complex and heavier compared to
traditional EHA. To lower the weight penalty of hydraulic energy recovery, [143] proposes a similar hydraulic
energy recovery system where only a single accumulator and valve block is used. The other accumulator and
valve block are replaced by pilot operated check valves. Complexity of the system however remains higher
compared to electric regeneration alternatives.

Figure G.13: Diagram of the hydraulic energy recovery EHA. Components are: 1-servo motor, 2-hydraulic pump,
3-low pressure accumulator, 4,5-check valves, 6-hydraulic cylinder, 7,8-servo valves, 9-high pressure accumulator
[180].

Due to the compact design of the EHA, the system can operate at lower pressures compared to conventional
hydraulics. Lower pressures result in lower internal leakage of the hydraulic machines leading to higher volu-
metric efficiencies [116]. Hydraulic pump efficiencies for EHA are studied by Kauranne et al.(2006) as shown
in figure G.14 [92]. From the figure, piston type pumps prove to be more efficient for pressures above 90 bar
compared to other pump technologies. For axial piston machines, cycle energy efficiency can be as high as 90%
for lifting and 85% for lowering with non zero loads compared to 80% and 70% for internal gear pumps with
pump pressures ranging from 50 to 130 bar. [116]. According to [158], both radial and axial piston machines
can even reach up to 95% overall efficiency with working pressures up to 815 bar.
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Figure G.14: Comparison curves of power efficiencies for different hydraulic pumps at constant speed [92].

Next to the efficiency of an actuator, also the weight is an important factor in choosing an actuator technology.
Weight of the EHA is mainly determined by the individual weights of the hydraulic cylinder, hydraulic pump,
electrical machine, integration block and power electronics [33, 181]. Hydraulic pump size and weight are
proportional to the displacement [174] while electric motor size and weight are proportional to the torque [177].
Lower weight is thus achieved by decreasing pump displacement and motor torque. In turn, this would require
high motor/pump speeds. According to Wei et al.(2009), existing hydraulic pumps are capable of reaching
speeds up to 10000 rpm [174].

Finally, electro-hydraulic actuator reliability is already studied and sufficiently guaranteed for use in the aviation
industry [63]. As EHA doesn’t suffer from jamming problems and is well sealed, it is an ideal technology in
harsh environments [17]. The main drawbacks are high maintenance cost of hydraulic equipment [63] and the
higher risk of oil spills compared to non-hydraulic technology [129]. The individual benefits and drawbacks of
the two main EHA architectures will be discussed in more detail in the following subsections.

Fixed displacement pump

Electro-hydrostatic actuators with fixed displacements pumps (figure G.12 B) are controlled by a variable motor
speed. These actuators have an advantage in structural simplicity and show a high energy efficiency [131, 59].
The simple structure is also seen in a general pump size reduction and weight savings compared to other EHA
technology [34]. A hydraulic accumulator is often used to aid during acceleration and a hydraulic lock can be
used to disconnect the load from the motor in stationary conditions [131]. The hydraulic lock can realize zero
energy consumption in these stationary situations. However, in the presence of a small leakage the actuator is
not self locking but quasi self-locking [140], reducing the effectiveness of the hydraulic lock. Fixed displacement
EHA due to its simplicity can reach a failure probability of 13574.4 hours MTBF according to [41]. This number
excludes the loss of hydraulic and electric power supplies and is based on a 30 kN load capacity actuator.

A typical operating curve for a fixed displacement pump is shown in figure G.15 [104]. In the ’Handbook
of Hydraulic Fluid Technology’, Totten and De Negri conclude that mechanical efficiency (ηm) increases with
decreasing volumetric efficiency ηv (increasing leakage flow) due to improved lubrication and resulting reduced
friction torque. Overall efficiency (ηt) is seen to be highest between 20 and 120 bar. The strong reduction
in overall efficiency at low pressures is a consequence of poor lubrication and high friction in this operational
range. As such, a minimal operating pressure is recommended for these kind of pumps [158].
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Figure G.15: Operating curves of a fixed-displacement pump. [104]

A disadvantage of the configuration shown in figure G.12 B is low drive stiffness due to low pressure in the
non-load carrying cylinder chamber. This low pressure results in undissolved air in the hydraulic fluid and
corresponding compliance of the fluid [140]. Also filtering and cooling of the hydraulic fluid is difficult as the
majority of the fluid volume is circulated continuously through the cylinder [140].

One method of increasing the drive stiffness according to Schmidt et al.(2019) is the use of separate forward and
return flow paths and two separate fixed displacement pumps (figure G.12 C)[140]. As the system is now an
open circuit, cooling and filtering of the hydraulic fluid becomes much simpler. However, energy regeneration
by external cylinder loads is not possible anymore. The separate return flow path prevents hydraulic fluid from
passing through the pumps when pushed out of the cylinder. This can be seen more clearly in figure G.16
[140]. Next to increased drive stiffness, the open loop approach also has self locking properties, reducing power
requirements at position holding operations.

Figure G.16: (A) Self-locking open circuit pump drive concept. (B) Four quadrant illustration of the intended
basic drive operation. [140]

Another solution to increasing drive stiffness requires an additional charge pump to prevent the pressure from
dropping too low at the low pressure side of the fixed displacement pump. This technique is further discussed
in subsection G.3.
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One more inherent disadvantage of FPVM-EHA is the large amount of heat generated by the motor. As
armature current is proportional to the motor torque, the motor generates a lot of heat due to copper losses
when working in high pressure low speed conditions [34].

Variable displacement pump

Electro-hydrostatic actuators with variable displacement pumps are attached to a fixed speed electric motor.
The actuator is controlled by changing the displacement of the pump. According to Behbahani et al.(2010)
and Schmidt et al.(2019) this approach has thermal benefits over the fixed displacement setup as fluid filtering
and cooling may be realized via the associated fluid reservoir (see figure G.12 A) [22, 140]. Furthermore, due
to the lower chamber pressure being held at a certain level by the charge pump, a proper drive stiffness of the
actuator is maintained. The constant flow output needed for this stiffness however induces additional losses
[140]. Also, the efficiency at low slew rates and duty cycles is reduced due to specific variable displacement pump
characteristics [22]. Other literature claims variable displacement EHA technology also suffers from low drive
stiffness [113], indicating different architectures are possible within both variable and fixed displacement EHA.
Here the addition of a charge pump increases the drive stiffness of the EHA actuator. In general fixed motor
variable pump EHA is known to have a lower efficiency compared to fixed displacement pump architectures
according to [59]. On the other hand, the dynamic response of the variable displacement architecture should
be faster as the inertia of a swash plate is much lower compared to the inertia of the motor in a variable speed
architecture [108]. Response can be four to five times faster compared to similarly sized FPVM actuators [108].

An alternative to the fixed motor configuration is the variable pump variable motor (VPVM) EHA. This
architecture combines the advantages of the variable motor speed with those of the variable pump displacement.
The result is a linear actuator with a fast dynamic response and high efficiency in low load situations [59]. The
maximum volume flow gradient can be doubled while reducing the necessary motor speed by as much as 40%
using the proper control according to [179]. According to [178], energy consumption can be reduced by 20%
compared to both FPVM and VPFM actuators. Also peak power requirements on the motor are reduced as
the pump shaft can be used as flywheel prior to peak power demand of the actuator [178]. As more components
are needed in this configuration, the VPVM-EHA is more complex and has a lower power density compared to
other EHA architectures. This can be explained by the need for both heavy power electronics for the motor
and a secondary motor and swash plate mechanism for the pump. Furthermore, the non-linearity of a double
input single output system poses a great challenge for the control of this EHA type [172].

Figure G.17: EHA APVM architecture. [172]

To simplify the control, Wang, Guo and Dong (2018) propose an adaptive pump displacement and variable motor
(APVM) EHA shown in figure G.17. The APVM is controlled with the motor speed while the displacement
is adapted with a mechanical controller responding to the system pressure. The APVM inherits the same
advantages as the VPVM but simplifies control as the system is single input single output [172]. The adaptive
pump control realizes high speed under light load or low speed under heavy load. As such the maximum power
requirement on the motor is lowered considerably resulting in a lower size and weight of the EHA-APVM
[34, 172]. Simulations show the power requirement on the APVM-EHA can be as low as 41.67% compared to
that of a FPVM-EHA depending on the operating conditions [172]. As such, heat dissipation due to copper
losses of the APVM-EHA is drastically reduced compared to other EHA architectures. This is confirmed in
figure G.18 from [34].
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Figure G.18: Copper loss comparison for fixed displacement and load sensing pumps in equivalent test setups
[34].

EHA comparison

With the main characteristics of the different EHA architectures known, it is interesting to compare EHA vari-
ations. In [41], a comparative study is performed on both the fixed displacement and the variable displacement
(fixed pump) EHA based on a nominal loading of 30 kN on an airplane actuator. Relevant results of this study
are shown in tables G.2 and G.3. The mean time between failures of both architectures seems to be very close
with the variable displacement setup having a slight advantage. Power needed to hold a load at standstill is less
in the variable displacement architecture. Higher energy consumption than expected for the fixed displacement
pump simulation are allocated to high internal leakage in the pump. Results from the sine wave loading test
are difficult to compare as both simulations don’t use matching parameters. The author concludes the fixed
displacement architecture is better suited for small to medium power levels while the variable displacement
shows higher efficiencies for higher power levels. This matches the statement by [22] about low efficiency at
low slew rates for the variable displacement architecture. [22] assumes the achievable performance with the
variable displacement pump should be higher than shown due to improvements in variable displacement pump
technology.

Table G.2: EHA fixed displacement performance
[41]

Property Value
Failure probability 13574.4 h MTBF
Power to hold 33 kN load 742 W
Loaded sine wave
(16.5 kN tensile load)

max 750 W

Temperature after
20 min at 33 kN

82 deg

Table G.3: EHA variable displacement perfor-
mance [41]

Property Value
Failure probability 13911 h MTBF
Power to hold 36 kN load 510 W
Loaded sine wave
(25 kN compressive load)

max 15 + 800 W

The low drive stiffness of the fixed displacement EHA mentioned in subsection G.3 is a result of the specific
architecture seen in figure G.12 B. The lack of an additional charge pump such as used in the variable dis-
placement architecture of figure G.12 A results in a low pressure of the non driven cylinder side. Adding the
charge pump to the fixed displacement architecture thus seems as a reasonable approach to increase the drive
stiffness of this EHA type. As such, EHA architectures could be classified as a combination of different sub
architectures as shown in figure G.19. Table G.4 summarizes the findings of the three main EHA architectures
as discussed above. Properties such as drive stiffness and energy recovery can then be altered with the use of
extra components such as a charge pump and hydraulic energy recovery unit.
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Figure G.19: EHA morphological chart.

Table G.4: Comparison of EHA architectures

Property FPVM-EHA VPFM-EHA VPVM-EHA APVM-EHA

Advantages Simple structure Fast dynamic response Fast dynamic response Fast dynamic response

Good efficiency High efficiency High efficiency

High power density (even in low load situations) High power density

Low noise level

Disadvantages Heat generation Low efficiency Complex structure

Lower power density

Complex control
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Electro-mechanic actuators

Figure G.20: Simplified representation of an electro-mechanic actuator

Electro-mechanic linear actuators (EMA’s) are actuators using a mechanical rotary to linear transmission in the
form of a screw coupled to a rotary electric machine with a reduction gear box. Here the reduction gearbox and
the screw represent parts B and C in figure G.6 respectively. A simplified representation of the electro-mechanic
actuator is seen in figure G.20. As only a single energy conversion step is needed, EMA has a natural advantage
on energy efficiency and power density over hydraulic actuators according to [100]. The mechanical rotary to
linear transmission used in EMA’s comes in various forms. Those will be discussed in subsections G.3, G.3, G.3
and G.3 respectively. Efficiency of the EMA is largely determined by the (low) efficiency of these mechanical
transmissions [17, 174], largest efficiency increases are therefore made with the transmission design.

Compared to conventional hydraulics, EMA shows increased safety and reliability and better dynamics due to
absence of hydraulic fluid [128]. Also weight, volume, power requirements and overall complexity are drastically
reduced [22, 33, 128]. The all electric setup furthermore increases the ease and flexibility of installation and
decreases component and maintenance costs [22, 45, 128]. On the other hand, some inherent hydraulic prop-
erties such as damping and overload protection need to be integrated explicitly. This is done by for example
electromagnetic dampers in the gearbox and a friction clutch or control circuit to limit motor current [41]. Nev-
ertheless, mechanical transmissions need to be sized to the maximal expected overload force to prevent failure.
In contrast, hydraulic solutions can absorb overload forces simply with a pressure relief valve [74]. The overload
sizing could be reduced by implementing some mechanical force limiter with for example a pre tensioned spring.
This would however result in a more complex design and no existing work on this solution is found in literature.
An experimental study of Pohl et al.(2013) shows EMA needs up to 77% less energy compared to conventional
hydraulics for the same lifting task [122]. Initial higher fabrication costs should be amortized in approximately
2.5 years [122] as operational costs are reduced due to absence of wearing parts such as seals [16, 174]. Note
that these values are representative for aerospace applications.

While overall system weight can be lower, EMA does not reach the power density of a conventional hydraulic
cylinder [17] resulting in a heavier in-situ actuator. Weight advantage of the EMA therefore only applies
to configurations where the total actuator system weight is important [45]. EMA system weight is mainly
dependent on component weight of the motor, gearbox, power electronics and transmission [32]. According to
motor design theory, size and weight of the motor are directly proportional to the maximum torque developed
[177]. This would mean the addition of a reduction gearbox between the motor and rotary to linear transmission
is beneficial to reduce motor weight. In general the weight of an architecture tends to decrease when transmission
ratio increases. However, at high transmission ratios, efficiency of the transmission decreases. It also implies
higher speeds at the input shaft which impacts fatigue sizing. These effects tend to limit the use of high
transmission ratios [110]. Gerada et al.(2007) proposes a gearbox free integrated machine design to reduce
component count and jamming probability while increasing system efficiency [66]. This design could show an
overall weight and volume reduction compared to gearbox designs. This direct drive architecture is also shown
in [58] with the associated weight savings and high potential for geometrical integration. The use of these direct
drive actuators is however limited to low power applications as rotational velocity of the spindle and inertia
effects become a limiting factor witch higher loads. Another method of decreasing system weight and increasing
power density is the use of high pole number electrical machines [66]. The use of permanent magnet machines
also increases power density and enables use of fault tolerant electric drives [25]. Fault tolerant electric machines
are discussed further in section G.4.
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Energy consumption of the EMA actuator can be reduced by implementing energy regeneration. EMA technol-
ogy can make use of energy regeneration by backdriving the actuator with an external load. This in turn means
continuous power must be applied to the electric motor to develop holding torque in stationary conditions [22].
This results in zero efficiency at standstill. EMA is therefore ideally suited for small to moderate loads and
continuous motion according to [22]. For larger loads, high inertia has to be expected from the mechanical parts.
This limits the achievable acceleration of the actuator [38]. In contrast to the earlier stated inertia limitations
of a gearbox free design, [66] and [41] state here that elimination of an intermediate gearbox might prove useful
to reduce the inertia of the system and the corresponding inertia losses.

A major drawback of EMA technology is its susceptibility to jamming which completely locks the actuator in
place [17, 22, 33, 63, 87, 100, 113, 171]. Jamming probability of an active actuator is estimated to be 1.2e−7 h−1

according to [41]. It is not specified to which exact transmission architecture this number corresponds. Qiao
et al.(2017) proposes a method to reduce friction torque in mechanical transmission to reduce this problem
[128]. Stridsberg [153] proposes a redundant setup with dual actuators and explosive devices to disengage the
jammed actuator. Use of a redundant setup reduces the overall dimension and weight advantages of EMA [63].
Minimizing the weight penalty can be achieved by using health and usage monitoring to reduce the risk of
jamming without the need for redundant components as described in [58] and [168]. This technique is however
difficult to implement due to a lack of means for early detection of faults in a real environment and due to a lack
of models for predicting the evolution of faults into jamming failures [113]. Multiple other research projects try
to create jam tolerant actuators [113], however research to jam free EMA is not readily found. Some examples
of such research can be found in [26] and [85]. These papers implement a double mechanical path either by
summing the forces (parallel) or summing the displacements (series). This same approach is taken by [105] where
force summing allows force control when a single power path becomes uncontrollable. Conversely, displacement
summing allows displacement control in case of a single power path experiencing jamming. In a Boeing patent
of 1973, the displacement summing is implemented by using two nuts on a single spindle. One of the nuts acts
as the ground fixed reference while the second nut acts as the attachment point of the load. To maintain the
full range of motion upon fallout of a single nut mechanism, the spindle should be at least double the length of
the desired stroke [175]. This is impractical in the hexapod design used by Ampelmann.

Next to mechanical jamming, Bennett et al.(2011) shows that failure probability of electric components is much
larger than that of the mechanical components [25]. One solution for this is the use of dual-lane fault tolerant
electric drives resulting in a system failure probability of 8.68e−6 failures per hour [25] or 115207 hours MTBF
in combination with a roller screw transmission. Another method to reduce electrical failure impact is the use
of multi-phase motors. The fallout of one phase does not significantly reduce the torque output of these motor
types according to [128].

In general, EMA technology lacks an accumulated knowledge base compared to conventional hydraulics and
EHA. According to Behbahani et al.(2010), an analysis regarding the critical failure modes and a criticality
analysis should be performed for this technology [22]. [51] concurs by indicating the need for further work on
reliability analysis of the technology. This is especially needed with respect to fault tolerance or resistance
to jamming [58]. Also studies on backlash and nonlinear friction are needed to increase achievable control
performance and dynamic bandwidth [171]. Finally, [58] states also size and weight constraints for integration
and heat rejection are technical challenges still to overcome. More on EMA reliability can be found in section
G.4. Specific properties and advantages of individual transmission technologies will be discussed in the following
subsections.

153



Ball screw transmission

Figure G.21: Ballscrew cut out [7]

The ball screw transmission consists of a spindle with helix shaped grooves and a ball bearing carrying nut. The
ball bearings transfer the load from the spindle to the nut and provide a rolling interface between both surfaces.
By pre-loading the ball bearings, vibration and backlash of the mechanism can be kept to a minimum [173]. In
the ideal case, the ball screw is able to operate slip free as is described in [99]. In reality, there will always be slip
on the normal plane of at least one contact point as proven by Lin, Ravani and Velinsky (1994) in [102]. Next to
slip on the normal plane, also slip in the tangential direction is present at the contact points [101]. As a result
of this slip sliding wear occurs in the ballscrew mechanism. This wear decreases the preload of the ball-screw
over time. This is the main cause of failure for a preloaded ball-screw [173]. To reduce the sliding wear in the
transmission, Wei, Liou and Lai (2012) propose an increased ellipticity ratio in the ball groove design which
reduces the plastic contact ratio [173]. Lubrication of the ball-screw can also reduce friction and provide cooling
to prolong the life of the transmission [86]. Lin et al.(1994) uses an approximate closed-form ball-screw model
which is valid for screw speeds up to 2000 rpm. With this model, it is clearly shown an optimal contact angle of
the ball-screw exist for peak efficiency. This is explained by the frictional force component along the tangential
direction dissipating more energy than the frictional force component on the normal plane. This becomes more
important at higher contact angles [101].

Another source of frictional force as explained in [89] is the re-circulation mechanism. Upon moving from the
nut groove to the recirculation tube the force acting on the bearing ball has to overcome friction in the re-
circulating mechanism and the weight of the ball. This friction force varies with up or down movement by the
effect of gravity. The recirculating mechanism determines for a large part the maximum rotational speed of the
ball-screw [68].

The model of Lin et al.(1994) shows an optimal efficiency of 86.1% for all helix angles and their correspond-
ing contact angle of the ball screw. This optimal efficiency is valid for both driving and backdriving of the
transmission. Self braking is seen to occur in designs with low contact angles in the driving case and for low
helix angles combined with high contact angles in the backdriving case. Furthermore load capacity is seen to
be highest with a large spindle radius, small helix angles and large contact angles [101].

Figure G.22: Ring screw render [73]

154



An alternative to the ball screw is the ring screw as proposed in the thesis of Heijmink [73] and paper by
Featherstone [55]. The ring screw makes use of adapted circular ball bearings which make angled contact with a
specially shaped screw for perfect line contact. The use of a perfect line contact is very important in maximizing
the load capacity of the ring screw. Due to the shape of screw and circular ball bearings, no sliding occurs during
motion of the screw relative to the nut captivated ball bearings. This makes the ring screw highly efficient with
prototypes reaching 90% efficiency. The ring screw can provide the same functionality as the ball screw. The
main advantage over the ball screw is the much higher operational speed limit. The first functional prototype is
able to operate at speeds up to 16500 rpm. This maximal speed is mainly determined by the maximum speed
of the bearings or the resonance frequency of the screw. The ball screw however is only a concept at this stage
and has no full scale applications or test data yet.

Roller screw transmission

Figure G.23: Roller screw cut out [3]

Roller screws or planetary roller screws are very similar to ball screws, except instead of ball bearings, several
rollers are used to transfer the load from the spindle to the nut. Three different roller screw designs are known
of which the planetary design is best suited for high accelerations and speeds in combination with very heavy
load capabilities [98, 162]. The rollers of the planetary roller screw have a helical thread and have therefore
numerous contact points along its length with the spindle and nut. These contact points make the roller screw
capable of substantial larger load bearing compared to the ball screw [128, 145, 162, 167] with current examples
going up to 350 t [145]. Load bearing capacity can be up to 69% greater than that of ball screws due to more
contact points alone. Another 5% can be won in difference between geometry and the associated friction terms
[167]. [98] gives some sizing examples showing roller screws have a dynamic load rating approximately three
times larger compared to similarly sized ball screws. For a dynamic load rating of 189.3 kN a diameter and
lead combination of only 48x10 mm is needed here. Furthermore, the roller screw has a very good resistance
to shock loading [128]. According to Jones et al.(2012) and Beek (2006), roller screws also have a longer life,
higher speed & acceleration ratings and finer lead possibilities [87, 162]. The longer (fatigue) life is explained in
[98] as fatigue life is proportional to the cube of the dynamic load rating. As such, roller screws can outlive ball
screws of comparable size by a factor of 15 [162] to 30 [98]. This is also seen in practical examples of machine
tool applications and aircraft carrier catapults [98]. Finally, roller screws are seen to generate lower noise levels
compared to ball screws at similar rotational velocities [98]. Due to the complexity of the mechanism, the roller
screw is however an order of magnitude more expensive compared to the more conventional ball screw [6].

Efficiency of the roller screw is mainly determined by the slip in the mechanism. Roller screws only have an
axial slip component while ball screws have slip mainly in the tangential direction (see subsection G.3). Due to
geometry of the mechanism, tangential slip forces have more work associated with them compared to forces in
the axial direction [167]. Efficiency of the roller screw is therefore higher compared to the ball screw mechanism
[101]. At higher transmission ratios, efficiency of the roller screw however decreases. The associated higher
operating speed at the input shaft also impacts the fatique sizing of the part [110]. Sizing of the roller screw is
directly related to the given output force with a mass and size scaling ratio equal toM∗ = F ∗3/2 and l∗ = F ∗1/2

according to [110]. Here F ∗ represents the force scaling factor to a given reference. This scaling law is plotted
against manufacturer data in figure G.24 [110].
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Due to the kinematics of the roller screw, slip is always occurring in the roller mechanism. Lateral motion is
not influenced by this slip [167]. However, axial migration of the roller relative to the nut caused by slip is an
undesirable phenomenon which can cause binding of the mechanism [87]. Due to the numerous metallic contact
points of the rollers with spindle and nut, jamming probability of the roller screw is higher compared to the ball
screw [128]. In contrast, Lemor (1996) states the jamming probability of a roller screw is very low due to the
absence of a recirculating mechanism as is found in ball screws [98]. According to Liscouët, Maré and Orieux
(2008), failure behavior of the roller screw is well-known and not subject to jamming in useful life conditions
[105]. The most probable modes of failure are identified in [98] as metal fatigue failure and wear of the load
transmitting surfaces. Again, surface wear under normal operating conditions is not expected before 15 to 25
years of service.

Figure G.24: Nut diameter versus roller screw load capacity [110].

Friction screw transmission

Figure G.25: Friction screw principle sketch [23]

A major obstacle of both the ball screw and roller screw transmission is the high susceptibility to jamming. A
fundamental solution to this problem is the use of force closed instead of form closed mechanisms. The friction
screw is a good example of such a force closed mechanism. The friction screw consists of a smooth spindle and
a nut with angled ball bearings as wheels. The angle of the wheels with the spindle determines the transmission
ratio of the mechanism [23]. To obtain load bearing capacity, the wheels are pre-tensioned against the spindle.
This effectively deforms the spindle locally to form a helix shaped guide way [53]. Due to the force closed
design the transmission is able to slip when overloaded. For this reason friction screws are being utilized in
a variety of haptic devices [53]. In contrast to conventional transmissions with a narrow peak of efficiency or
power region [23], the friction screw provides a variable transmission ratio for optimal efficiency over a large
operating region [23, 52, 53, 54]. The variable transmission ratio is realized by controlling the angle of the
wheels with respect to the spindle. Energy efficiency of the actuator system in stationary conditions is further
improved by turning the wheels perpendicular to the spindle, effectively decoupling the load from the motor
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[53]. Also backdrivability of the mechanism can be controlled with this method for optimal energy regeneration
[54]. Control of the wheel angle can either be active or passive as proposed by Belter and Dollar [23]. Use of
passive angle control eliminates the need for additional sensing and actuation in the transmission leading to a
more weight efficient design.

Axial slip of the wheels limits the maximum axial load of this transmission. Maximal load capacity is given by
Belter and Dollar (2014) in equation G.3 [23]. Here Fn is the normal force on each wheel, nrollers is the total
number of rollers used, µ is the friction coefficient between the roller material and shaft material and θ is the
angle between the wheel and a line perpendicular to the axis of the spindle (lead angle). Using a lead angle of
10 deg, a set of 8 wheels and a friction coefficient of µ = 0.6 (steel on steel, kinetic), a preload of approximately
32 kN is needed for a 150 kN load capacity. As rolling losses are non linearly related to preload [53], this clearly
shows the friction screw becomes impractical for use in high load capacity applications. Practical examples up
to 2 kN are found in industry [1].

F ≤ Fn · nrollers · µ · cos(θ) (G.3)

The wheel and spindle both exhibit elastic deformation and inelastic behaviors, leading to lateral creep and
rolling losses. Rolling losses include rolling friction and wheel bearing friction [53]. To reduce the lateral creep,
the modulus of elasticity should be increased. On the other hand, an increase of the coefficient of friction
drastically reduces the required preload and thus nearly all forms of dissipation except lateral creep [53]. The
gain in weight efficiency from operating at the most efficient operating point of the motor should thus be
weighted against reduced efficiency of the friction based drive [23].

Hydrostatic transmission

The hydrostatic lead screw eliminates friction related issues of both the ball and roller screw by removing
mechanical contact between the screw and nut. A hydrostatic fluid bearing is used to transfer load between
the spindle and nut. As a result, the lead screw experiences no wear, backlash or mechanical friction with an
axial stiffness up to 109 N m−1 [151]. To guarantee load bearing capacity even at very low spindle speeds, the
hydrostatic nut is pre tensioned using a constant pressure supply [21]. Upon deactivation of this external pressure
supply, hydrostatic lead screws show self locking properties [81]. A disadvantage of this type of transmission is
the need for seals to reduce fluid leakage. Seals introduce mechanical slip in the system reducing the efficiency
of the actuator [21]. However, a transmission efficiency up to 99% can be reached according to El-Sayed and
Khataan [49].

In industry, these transmissions already exist commercially op to load capacities of 750 kN [81]. Most of these
transmissions however max out at a linear velocity of 0.5 m s−1. Speed of the hydrostatic lead screw is limited
by fluid film effects. Above certain speeds, flow in the inner region of the thread surface will vanish, resulting in
a decreased film thickness and load carrying capacity [49]. The major drawback of the hydrostatic lead screw
is however the high cost compared to commercially available ball screws. [160]

EMA comparison

EMA actuators are mainly differentiated by the motor type and the transmission type used. Furthermore,
different redundancy options are available or should be designed. In this literature review the focus is set on
the transmission options of EMA actuators. The choice of motor types and their properties is discussed in less
detail as this dives too deep in the electrical domain. To give an overview of the discussed EMA actuators, a
global comparison of the different rotary to linear transmissions is given in table G.5. Figure G.26 also shows the
positioning of the rotary to linear transmission in the mechanical linear actuator. For a more global overview
of linear actuator components refer to figure G.6.

The main rotary to linear transmissions found in literature are the ball-screw and the roller-screw. Ball-screws
need relative high lead values to react to dynamic loads. This will increase the reduction ratio needed in the
gearbox to keep the motor torque under control. With roller screws, reduction can be achieved by the planetary
reducer of the screw mechanism reducing the reduction ratio of an additional gearbox or even completely
eliminating this gearbox [41].
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Figure G.26: Position of the rotary to linear transmission in the linear actuator. The rotary to linear transmission
is here portrayed by a planetary roller screw.

Table G.5: Comparison of EMA rotary to linear transmissions

Ball-screw Roller-screw Ring-screw Friction-screw Hydrostatic-
screw

Load capacity
(dynamic)

Up to 380 kN
available.

Up to 3994
kN available,
much higher
compared to
similarly sized
ball screw.

Tested to 750
N, but theo-
retically higher
load capacity
compared to
ball-screw.

Low due to slip.
Practical exam-
ples up to 2 kN

Up to 750 kN
available

Efficiency Up to 97% in lit-
erature

Up to 97.4% in
literature

Prototype up to
90%. Theoreti-
cally higer than
ball-screw.

Low due to high
friction forces

Up to 99%

Velocity Up to 0.9 m s−1

in literature
Up to 1 m s−1 in
literature

very high, only
limited by ball-
bearing rating
and resonance
frequency

Depending on
the load with
the variable lead
angle.

Around 0.5
m s−1. Limited
by fluid film
properties.

Weight Unknown Variable lead
angle enables
use of lighter
motors.

Cost Low High Unknown Unknown High

Failure modes Mechanical jam-
ming

Mechanical jam-
ming

Unknown Slipping when
overloaded.

Self locking on
loss of fluid pres-
sure.

Lifetime Examples of
15 to 20 years.
Factor 15 to
30 higher com-
pared to a
similar ball-
screw.

Unknown
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Comparing actuators in simple numbers is very difficult as properties are dependent on several factors. Maximum
load capacity and velocity are for example only seldom met. In literature the majority of the research is focused
on output power levels far below the required output power for the Ampelmann actuator. Further research is
thus needed to find the properties of selected transmission technologies at higher load and velocity combinations.
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Electro-magnetic actuators

Next to the hydraulic and mechanical solutions, a third linear actuator technology can be distinguished. The
electro-magnetic actuators use electric and magnetic fields to convert electrical energy in linear motion. By
omitting mechanical contact, electro-magnetic actuators can operate very efficient across a wide range of op-
erating points [171]. The lack of mechanical contact also reduces maintenance requirements and eliminates
mechanical jamming found in electro-mechanic actuators altogether [171].

The majority of electro-magnetic actuation solutions are linear motors. These actuators use the exact same
principles as rotary electric motors. Where a rotor spins and reuses a magnetic pole on every turn in a rotary
electric motor, the magnetic poles of a linear motor are repeated along the motion direction [8] as can be seen in
figure G.27. As only a fraction of the volume is active at any given time to produce thrust force, power density
of the linear motor is very low [75].

Figure G.27: Permanent magnet arrays on a rotary and linear permanent magnet machine.

To increase the power density of linear motor, Wang J., Atallah and Wang W. [171] propose a high force density
linear electromagnetic actuator based on the concept of the magnetic screw-nut as seen in figure G.28. This
actuator achieves the same gearing effect as a mechanical spindle but without direct mechanical contact. A trust
force density of 10 MN/m3 can be achieved using this design. The magnetic lead screw uses helical disposed
radially magnetized permanent magnets on both the nut and screw to replace the threads on a mechanical
spindle. A magnetic force and torque is developed between the magnetic nut and screw to hold a load. The
use of a magnetic field to hold the load also provides an inherent overload protection as nut and screw poles
can snap upon reaching the load limit. A major disadvantage of the magnetic lead screw is the high cost and
weight of the helical magnets on both the nut and spindle. This is especially relevant for large stroke machines
[36].

To reduce the cost of magnetic lead screws for long stroke actuators, Cirolini, Filho, Wu and Dorrell [36] propose
a new type of reluctance-based magnetic lead screw. This design only uses helical magnets on the stator (nut),
therefore drastically reducing the amount of permanent magnet material in the actuator. The spindle is made
of ferromagnetic steel and resembles a traditional threaded lead screw. Permanent magnets in the nut are
arranged such that magnetic flux is concentrated towards the smallest airgap between the nut and the spindle.
As such, the rotor (spindle) rotates to move the stator (nut) up and down. The force and torque transmission
relationship of this actuator is equivalent to a mechanical leadscrew. A higher gear ratio can be obtained by
using a lower pole pitch (τp) and a lower pole number of the nut. This is shown in equation G.4. Assuming a
motor torque of 500Nm can be provided to a two pole lead screw, a pole pitch of approximately 1 cm is required
to reach 150 kN holding force (provided the pull-out force of the reluctance circuit is high enough). To reach
a linear velocity of 1 m s−1, a spindle speed of 6000 rpm is needed. At these speeds, the outside of a 90 mm
spindle would experience a centrifugal acceleration of approximately 17800 m s−2. These simple calculations
show the need for a gearbox in the design to increase th pole pitch and decrease the rotational velocity of the
spindle.

G =
2π

τp · npoles
(G.4)
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Figure G.28: Magnetic lead screw simplified representation as proposed by [171].

Another problem regarding the reluctance based lead screw is the snapping tendency of reluctance circuits.
Reluctance force is inversely proportional to the air gap length squared [141]. As a result, a slight asymmetry in
the nut-screw alignment will cause snapping resulting in mechanical contact of the nut and screw. This snapping
problem can be reduced with bearing design. This would however diminish the contact free advantages of the
reluctance-based lead screw.

As the nut still makes use of a continuous helical magnet, producing this actuator is difficult. Cirolini et
al.(2019) proposes to discretize the permanent magnets to approximate a helically shaped structure as can be
seen in figure G.29. Discretization has a deteriorating effect on the maximum pull out force of the actuator [36].
With four segments per turn, the pull out force is reduced to 54.3%. A 24 segment approximation yields 91.7%
of the ideal pull out force.

Finally, an estimate of the sizing for 150 kN pull-out force is made. A simplified MATLAB model is used.
The model calculates the attraction force between a single helical stator pole and the ferromagnetic rotor. The
airgap area is assumed to be the overlapping area of the ferromagnetic thread in the stator and the tooth surface
of the rotor. The model assumes zero flux leakage and no interference of other poles. To obtain force capability
of a two-pole system, the force of the single pole calculation is doubled. The reluctance-based attraction force is
assumed to work perpendicular to the axial direction of the lead screw. To obtain the maximum pull out force,
the angle between the centroids of the ferromagnetic thread and the tooth of the lead screw is calculated. The
pull-out force is then calculated as Fpull = tan(α) · Fattraction. Linking the pull-out force to the perpendicular
attraction force using an angle is not very accurate and is not reliable for larger magnet sizes. However, as a
first indication the values in table G.6 give an idea of the sizing for a 150 kN pull-out force actuator.
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Figure G.29: Discretized permanent magnet configuration in the nut of the reluctance based lead screw [36].

Table G.6: Sizing indication for a 150 kN pull-out force reluctance based lead screw.

Property value

Poles 2

Flux density Br 1.48

Relative permeability µr 5000

Permanent magnet to ferromagnetic ratio 0.4

Pole pitch (lead) 0.05 m

Screw diameter 0.1 m

Length of nut 0.35 m

Hight PM 0.03 m

Width PM 0.1 m

Air gap 0.001

The sizing example above shows the nut becomes very large. The main problem with this design is the air
gap of only 1 mm which is not practically manageable on this size actuator. For larger airgaps, the required
permanent magnet size increases fast. As such, the reluctance based lead screw is ideally suited for smaller
loads and becomes impractical for high load applications. [22] states this is mainly due to magnetic saturation
of the magnetic materials used in the actuator design.

Conclusion

This chapter discussed the available technologies for linear actuators. Four main classes of linear actuation
technologies are distinguished: hydraulic actuation technology, electro-hydrostatic actuation technology, electro-
mechanic actuation technology and electro-magnetic actuation technology. The electro-hydrostatic actuation
technology could also be classified as a hybrid of hydraulic and electro-mechanic actuation technology. In
discussion the general properties of each actuation technology, the electro-magnetic technology is seen to be
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advantageous only in low power applications. As such, this actuator technology will not be further discussed in
the context of linear actuation for Ampelmann. Both electro-hydrostatic and electro-mechanic actuation tech-
nology have shown potential in weight and efficiency benefits over conventional hydraulic actuation technology.
The most promising configurations of both electro-hydrostatic and electro-mechanic linear actuators will be
compared in chapter G.4.

G.4 Actuator comparison

In chapter G.3, different linear actuation technologies are discussed with their main advantages and disadvan-
tages. This chapter will discuss the linear actuation technologies which are suited for high power applications
in more detail. The best actuation concepts will be compared to each other on requirements of load bearing
capacity, maximum acceleration and velocity, energy efficiency, power density, reliability and cost efficiency.

High power linear actuation

In chapter G.3, some actuator technologies proved less applicable to high power applications. This is the case for
the electro-mechanical friction screw and the electro-magnetic solutions. As such conventional hydraulic, electro-
hydrostatic and electro-mechanic ball-screw, roller-screw and hydrostatic screw are left as viable alternatives
for a high power linear actuator.

In literature, the economic benefit of further refinement of traditional hydraulic devices appears to be limited due
to the parasitic energy consumption from pumping and associated system losses [113, 161]. This matches other
statements in literature about an overall efficiency advantage of electric solutions over conventional hydraulics
[22, 33, 122, 129]. Furthermore, multiple sources state that ’more electric’ technologies have advantages in system
mass, volume, motion dynamics [22, 41, 129, 163], safety and maintenance [41, 45] over conventional hydraulic
systems. Consequently, further research in the development of conventional hydraulics seems inefficient for the
next generation high power linear actuator.

The most referred to designs for more electric actuators are electro-hydrostatic and electro-mechanic ball-
and roller-screws. Together with the electro-mechanic hydrostatic screw, these linear actuator types will be
discussed and compared in more detail in the following section. These actuator designs all share a decentralized
architecture compared to conventional hydraulics. Decentralisation has some associated disadvantages such as
less inherent heat rejection [58] and the introduction of power electronics and their specific losses. On the other
hand, the lack of hydraulic piping needed to support an actuator enables more flexible placing of the actuator
and less failure points in the power supply of the actuator.

Electro-hydrostatic versus Electro-mechanic

The current trend in actuation technology for the aviation and heavy machinery industry is moving towards
more electric actuation. More electric actuation had some major drawbacks regarding power to weight ratio,
limited available electric power and lack of experience and demonstration of fail safe-characteristics. Technical
developments in the last decade turned the cards with advances in magnetic materials, brushless DC machines
and FEM calculations [41]. As such, ’more electric’ solutions are becoming more and more the standard in
actuation technology. Especially synchronous machines are often used as drive in these actuators because
of their high efficiency and power density. Although synchronous machines require much more complicated
controllers compared to induction motors and don’t offer the same torque smoothness, mass and reliability
advantages make this motor the current standard in actuation applications [105]. Electro-hydrostatic actuation
(EHA) and electro-mechanic actuation (EMA) are both popular subjects for research in the aviation field.
Both actuator types offer a more electric approach for lightweight and efficient actuators in airplanes and other
mechanical machines. Fault tolerant architectures [138] and health management technology of both actuator
technologies results in a reliability advantage over conventional hydraulic solutions [51]. As the main benefits of
more electric actuators over conventional hydraulics are weight savings and increased efficiency [33], those are
clearly important metrics in comparing different actuator technologies. Existing research especially focuses on
the advantages of both technologies compared to conventional hydraulic actuators. Research regarding weight
and efficiency advantages between EHA and EMA varies in outcome. Existing literature regarding comparisons
on weight and efficiency advantages is discussed in the subsections below. Other factors are discussed in
subsection G.4
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Weight comparison

Chakraborty, Trawick and Jackson (2013) state it is generally accepted that, when sized for the same actuation
requirements, EMA enjoys a weight advantage over EHA [33]. This statement is repeated in [129]. The weight
advantage has the potential of becoming larger with higher loads based on theoretical comparison for three load
cases up to 51 kN and 0.1 m s−1. This finding matches with the graph (figure G.30) published by Vladimirov
and Forde (2006) [169]. The graph is found again in [100] to show the higher power density of EMA over EHA
technology.

Figure G.30: Comparison of Specific Power vs. Power Output for Various Actuator Types [169]

In the figure both EMA with a roller-screw drive and EMA with a ball-screw is seen to have a higher power
density at power levels of approximately 5 kW. The graph clearly shows EMA roller-nut drives have a weight
advantage over EHA drives up to power levels of 45 kW. Continuation of the power density plot for values above
45 kW is lacking, and a parametric model describing the graph can not be found in literature. [137] furthermore
states that for heavy operations, EHA has a lower unit weight and cost compared to EMA. This statement
however is not backed up by rigorous argumentation. Similarly, [164] states EMA has a weigh advantage over
EHA in low power applications. In his thesis, Fanliang describes lots of simulations and experiments show a
clear weight advantage for EMA over EHA [51]. This is based on papers [163], [41] and[38] that all describe
more electric actuators for large aircraft with a max load rating between 15 and 30 kN.

In general the consensus seems to be that EMA technology has a weight advantage over EHA technology for low
power applications. For higher power applications, this weight advantage seems to decrease and maybe even
switch. This conclusion seems to match with the statement by Behbahani and Semega (2010) that EMA is ideally
suited for smaller loads and continuous motion, and to a lesser extend for larger loads and position holding [22].
Rigorous argumentation to back this up is lacking in existing literature. Furthermore, alternative transmission
architectures such as hydrostatic nuts are not compared in the context of electro-mechanical actuators.

Efficiency comparison

EMA in contrast to EHA does not use hydraulic power. [114] states this results in a more efficient and leak-free
actuator solution referring to [100]. Both [100] and [41] come to this conclusion based on simulations with
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regard to medium power actuators with load ratings up to 30kN often found in control surface actuators of
large aircraft. On the other hand, [113] states EMA loses the natural advantages of hydraulics which results
in lower overall efficiency due to use of a low efficiency mechanical transmission. This opinion is shared by
[174] and [137]. it is important to note that these last three references base their results on either landing gear
actuators or crane actuators with power levels ranging from 50 to 350 kW. A reference to a specific transmission
is not present. Efficiencies of roller helical screws etc. can reach 90% and more, hence it is reasonable to assume
these statements refer to more common transmissions such as leadscrews and or reduction gearing. Again, the
consensus seems to be EMA is the more energy efficient option for low to medium power actuators while EHA
becomes more efficient for higher power applications.

In a study by Montero (1996), EMA and EHA architectures are simulated to hold a load of 20 kN at standstill
[41]. Required power is shown in table G.7. Here the fixed displacement EHA architecture clearly is seen to
use less power for this task compared to roller-screw EMA and variable displacement EHA. As this is only at
standstill, results are difficult to use in efficiency comparison during operation.

Table G.7: Actuator 20 kN load holding comparison [41]

Architecture Required power
EMA roller-screw 125 W

EHA fixed-displacement 88 W
EHA variable-displacement 270 W

Efficiency and energy usage is very dependent on the specific application of the actuator. The majority of
research towards electro-hydrostatic and electro-mechanic linear actuators is focused on the aviation industry
and its corresponding load and motion cases. Control surface actuation presumably has a very different load
and motion profile compared to linear actuators in the Ampelmann hexapod setup. This makes comparing
efficiencies found in literature very difficult to apply to Ampelmann requirements. An application specific
efficiency analysis should be performed to be able to find the most efficient actuator architecture.

Other metrics

Next to weigh and efficiency, another often used metric to compare EHA and EMA is reliability, focused on
mechanical jamming. As discussed in section G.3, EMA has a large susceptibility to mechanical jamming due to
the numerous mechanical contact points in its transmission [33]. EHA doesn’t suffer from this jamming problem
due to its hydraulic transmission. As such, reliability of this actuator type can be much higher compared to
EMA. Furthermore [17] states this makes EHA ideal for use in harsh environments. On the other hand, [164]
states reliability of EMA is higher compared to reliability of EHA in low power applications. No further
argumentation for this statement is found. Reliability of the EMA is further discussed in section G.4.

Possible additional advantages for EMA over EHA technology according to [164] are reduced complexity and
maintenance requirements. This is also seen in a white paper by Shelton (Exlar) where roller-screw EMA is
shown to have simple controls, a small footprint, low maintenance requirements and no fluid leakage risk [145].

According to [174], the biggest advantage of EMA over EHA is its lower operating cost. This is explained by
experience from conventional hydraulic systems with high hydraulic operating costs. This hydraulic operating
cost would transfer to any system containing hydraulics.Operating cost of a mechanical setup is expected to be
less costly. Operating cost is also reduced by lower maintenance requirements on the mechanical spindles. While
operating cost might be lower, the same paper states EHA has smoother dynamic behavior compared to EMA
based on simulation results. Although, EMA should only be slightly inferior to EHA. [41] clarifies that EHA
with a fixed displacement pump indeed has better dynamic performance while EHA with a variable displacement
pump shows worst dynamic performance compared to EHA-fixed pump, EMA-ball screw and EMA-roller screw.
These last actuator types all pass the dynamic criteria set for airplane actuators, making this a minor criterion.
The slight discrepancy in dynamic behaviour migh be explained by the higher inertia of mechanical parts such
as rotor, gears and nut components compared to the single piston used in EHA technology [38]. Typically,
inertia of the EMA drive is 10 to 20 times greater than the load itself in aviation related applications [58]. This
ratio is expected to reduce for higher load applications.
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Reliability of EMA
Reliability of existing electro-mechanic actuators is widely named as the main disadvantage preventing EMA
systems from being used as primary actuators in critical applications. This is discussed in section G.3. EMA’s
should be proven to achieve the same safety and reliability as hydraulic based actuators. Jam cases don’t occur
very often, however it is one of the least desirable failure modes of an actuator as the actuator turns into a rigid
beam after jamming failure occurs [13]. As such, references [22], [38], [51], [58], [63] and [129] all state the need
for further work on reliability analysis and jam free transmission technology. Jamming occurs because load is
transmitted through mechanical contacts under very high hertz stresses, therefore fatiguing the material. This
degrades the contact surfaces of the transmission leading to increased power consumption and finally mechanical
jamming [83]. Lifetime sizing should prevent fatigue damage to occur within the lifetime of the actuator [105].
For both ball- and roller-screws the L10 life is often used as a lifetime scaling tool [148]. As discussed in section
G.2, probability of occurrence of severe failure should be below 1%. As such, the L1m equation given in eq G.5
[40] is more suitable giving a lifetime estimate with 99% reliability.

L1m = 0.25 ·
(
C

Feq

)p
· 105[km] (G.5)

Feq = p

√√√√1

l
·
n∑
i=1

|Fi|p · li (G.6)

In equation G.5, the p exponent is defined as 3 or 3.3 for ball- or roller-screws respectively [148]. The equivalent
dynamic load Feq can be determined according to equation G.6. Rewriting equation G.5 in function of the
dynamic load rating C and filling in the given Ampelmann requirements results in a required dynamic load
rating of 49.5 kN and 51.7 kN for the ball- and roller-screw respectively.

Reliability analysis of the EMA is often performed with failure mode and effect analysis. Previously performed
reliability analysis give insight in the most critical components of the actuator with regard to reliability. From
a failure mode and effect analysis performed by Linden, Dreyer and Dorkel (2016), the components leading to
the highest jamming rates are identified as bearings, ballscrews and gears. Furthermore, loss of lubrication is
seen as the highest indirect failure mode [103]. In [168], also the influences of large temperature fluctuations
are marked as a potential degradation factor leading to indirect failure modes.

Mazzoleni, Maccarana and Previdi (2017) present a failure mode effect and criticality analysis (FMECA) per-
formed on an EMA for primary control surface actuation in an aircraft. The FMECA results are then validated
with an experimental setup in [125]. A total of 1950 failure modes are identified [114]. The relevant failure
mode effects are summarized in table G.8. The same authors performed a fault tree analysis to find the risk
likelihood of these failures. Results are summarized in table G.9. Note that the values found in tables G.8 and
G.9 are representative for EMA actuators with a maximum force of 1.5 kN and speed of 0.08 m s−1 using a ball
screw transmission. Values for larger actuators or different transmissions might differ but are not readily found
in existing literature.

Table G.8: Failure mode effect summary [114]

End effect Failure per million hours [fpmh]
Actuator jam 3.647e-2

Actuator runaway 6e-6
Loss of actuator 6.152

Loss of service communication 5.748e-2

Table G.9: Fault tree analysis summary [114]

FTA event Risk likelihood [h−1]
Actuator loss of control/function 6.218e-6

Actuator free floating 6.0e-9
Actuator runaway 2.0709e-12

Actuator jam 3.648e-8
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To lower the risk of actuator failure, health monitoring is mentioned as a promising approach in literature. Health
monitoring monitors actuator properties such as noise and vibration to estimate the state of deterioration of
different components. The technique is already widely used in electric motors and electronic component analysis
[125]. [103] shows a health monitoring approach for EMA without need for additional sensors. This approach
can be used to identify jamming, remaining life and to facilitate preventive maintenance. The lack of additional
sensors reduces cost of the added monitoring functionality [83]. The shown health monitoring approach clearly
shows faults in gears in different operating regimes. In 2016, this technology was rated at TRL4 which means
the technology is validated in a lab. The same authors explain a method of filtering and interpreting the data
from the conventional EMA sensors for health monitoring in [165]. In a more recent paper, the authors describe
a health monitoring system based on oil volume estimation. As loss of lubrication is an important indirect
failure mode, estimating oil volume in the actuator can reliably predict failure before actual failure occurs
according to [166]. The additional benefit of a health monitoring system next to increased reliability is more
efficient maintenance task scheduling [83]. Although multiple data acquisition methods for health monitoring
are researched already, more work towards diagnostics [83] and fault detection models [113] is needed to use this
data. On the other hand, the authors of [125] state no accurate model of the system is needed in case frequency
analysis is applied based on accelerator data to predict mechanical failure.

Next to health monitoring, lowering internal friction of the transmission is a solution to lower jamming proba-
bility. Shäfer (2005) proposes the use of a harmonic reduction drive instead of conventional reduction gearboxes
to improve reliability of electro-mechanical actuators. Next to very low internal friction, this transmission type
has no failure modes resulting in jamming behavior. Furthermore the harmonic drive has very high efficiency
and a torque density equal to conventional transmissions twice its size and three times its weight [139]. The
harmonic drive is however not able to transmit power between two radially displaced axis.

Motor technology

Despite being an intrinsic part of both electro-hydrostatic and electro-mechanical actuators, motor technology
is not discussed extensively in this report. The focus is put on the mechanical aspect of these actuators and
corresponding improvement areas. To fill in the gaps, this section will discuss often named motor technologies
in literature on a global level. Note that the various motor technologies can all be applied on both electro-
hydrostatic and electro-mechanical actuators.

The motor technologies classifying for use in linear actuators as discussed in chapter G.3 all fall within the
rotary servo motor class. Servo motors enable control of angular acceleration, velocity and position by use of
dedicated servo drives and transducers which operate in a closed loop. Servo drives operate in constant torque
mode from 0 to rated speed and in constant power mode from rated to maximum speed [96]. The most often
referred to servo motor technologies in literature are the permanent magnet synchronous machine (PMSM) and
the brushless direct current machines (BLDCM). Also the switched reluctance motor (SRM) is often named
due to its electrically independent winding design. An older variant of the BLDCM which is sometimes used
in servo applications is the permanent magnet brushed direct current machine (BDCM). Finally, some servo
applications make use of induction or asynchronous machines (IM). Krishnan (1991) uses a diagram for servo
motor selection seen in figure G.31 [96]. The choice between brushed and brush-less technology is trivial in
favour of brush-less according to [96] due to the higher robustness, higher maximum torque, higher speed
bandwidth and lower maintenance intervals. The mechanical commutators and brushes in brushed motors also
enforce a severe limitation on the maximum speed and over-current capacity compared to brush-less designs
[44]. Most of the technologies shown in the figure use radial field designs. Axial field design has some advantages
over conventional field design with respect to power density and torque to inertia ratios, however these motors
are less frequently found on the commercial market [96]. Below, the most promising motor technologies are
discussed separately. In subsection G.4, a conclusion on which motor technology is appropriate for a high power
linear actuator is drawn.
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Figure G.31: Servo motor selection procedure.[96]

Switched reluctance motor

Switched reluctance motors (SRM) are a type of electric machines which make use of reluctance force to
rotate the motor. As such the construction of the SRM is much more simple compared to that of other motor
technologies [115]. The rotor and stator both have salient poles where the stator poles are lined with concentrated
winding’s. Special drive electronics are needed to facilitate electric commutation of the independent winding’s.
A schematic representation of the flux path in the SRM is shown in figure G.32. The lack of permanent magnets
and the simple construction in this motor type results in a lower construction price per kilowatt compared to
an induction motor [67]. However, the control electronics, concentricity requirements on the construction and
the need for high grade encoders outweighs these weight benefits largely [115].

Due to low excitation losses in the SRM, an efficiency up to 97% can be reached at higher speeds (4000 to
7000 rpm). However, due to the lack of permanent magnet excitation, the SRM needs a little higher current to
reach the same torque compared to the PMSM [35]. In general, the majority of the SRM losses occur in the
stator, making cooling much easier compared to motor technologies with winding’s on the rotor [115]. Short
term overload capacity of the SRM is also very high due to less heat sensitive components compared to PM
machines. Overload torques of 5 to 10 times the overload torque of PM motor technologies can be reached [115].
As such, the torque to inertia ratio of these type of motors can reach up to 6 krad s−2 [95]. Switched reluctance

Figure G.32: Switched reluctance machine (SRM) flux path [146]
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motors are often stated as fault tolerant [57, 115]. This is explained by the independence of the winding’s and
the absence of demagnetization risk. It is important to note that independence of the windings can be achieved
to a large extend in other motor technologies as well. Similarly, the risk of demagnetization is also absent in for
example induction machines.

Ruba (2017) proposes a fault tolerant SRM architecture with 8 modular isolated modules in the stator. The
modular architecture and corresponding flux paths can be seen in figure G.33. By using a separate half H-
bridge per module, a faulty module can be isolated and the remaining modules can be supplied with a higher
current to make up for the torque loss. The machine can continue to operate even with four of the eight coils
not operational at 60% of the rated torque. This however is at the expense of a larger torque ripple [133].
The larger torque ripple can be reduced to a satisfactory level with torque smoothing strategies such as direct
instantaneous torque control or current profiling [133]. Alternatively, a design with more teeth can be used to
assure low torque ripple in case of different faults [134]. The modular design of the proposed SRM allows quick
replacement of a faulty module for fast field repair [133].

Some larger drawbacks of the SRM technology are the inherently high noise levels due to pulsed excitation
combined with a salient mechanical structure and the high torque ripple [67, 96, 115]. Furthermore, very few
established commercial sources who supply variable reluctance motors exist [115]. The high noise levels could
potentially be reduced by active noise cancelling strategies such as direct instantaneous force control or current
profiling [61]. The lack of commercial applications after more than 40 years of research also indicates the
technology can not compete with more established technologies such as the PMSM.

Figure G.33: Modular switched reluctance machine as proposed by Ruba (2017) and the corresponding flux
paths. [133]

An alternative to the switched reluctance machine is the permanent magnet assisted synchronous reluctance
machine (PMA SynRM). This machine should reduce the torque ripple compared to the conventional SRM
with higher efficiency and torque density [170]. In a finite element simulation, a torque ripple of about 16.8%
during normal operation is observed with a 6th and 12th harmonic, mainly due to the rotor saliency and stator
slotting interaction [170]. In case of an open or short circuit fault, a 2nd harmonic is added to the ripple.
The architecture and corresponding flux path of this machine are shown in figure G.34. In comparison with
a PMSM, field weakening properties are more favourable with comparable performance and less permanent
magnet material usage. The field weakening properties mean the machine can be driven at higher than rated
speeds at reduced torque values. Furthermore, the use of reluctance torque results in lower back EMF aiding
in keeping power surge to the DC bus upon inverter failure to a minimum [170]. The magnetic torque is able
to overcome the reluctance torque and as such the generated cogging torque of the motor is neglect-able [27].
The fault tolerant PMA SynRM proposed by [170] has three segregated 3-phase sets of winding’s for physical
and thermal isolation. Electrical isolation is achieved by using three standard inverters to drive each 3-phase
set separately. A faulty 3-phase winding set can be deactivated by opening all the switches of this set while the
remaining two 3-phase sets can keep operating with about 1/3th reduction in output power. In case of a short
circuit, the low permanent magnet flux in the machine ensures the short current is restricted below the rated
value [170]. Furthermore, in the unlikely event of partial demagnetization of the permanent magnets, reduction
in torque capability will be limited as magnetic torque only accounts for 30% in this machine.
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Figure G.34: Permanent magnet assisted synchronous reluctance machine (PMA SynRM) architecture and
corresponding flux path. [170]

Induction motor

Induction motors are three phase motors with either distributed or concentrated winding’s on the stator and a
squirrel cage embedded in a laminated core as the rotor. Alternatively a slip ring design with a wound rotor
can be used. An alternating current is needed to create a rotating magnetic field on the stator poles. Torque is
initially proportional to the slip of the rotor with respect to the rotating magnetic field. For larger slip values
this relation becomes non-linear. As such, the rotor will always turn slower than the magnetic field when load
is applied. The induction motor is often called the workhorse of the industry and therefore is also often the
cheapest option compared to other motor technologies [96, 67]. Also, due to the absence of permanent magnets,
much higher rotor operating temperatures are allowed [96]. The resulting axial temperature variations are
well conducted due to the high copper content of the rotor [67]. Induction motors naturally have a large field
weakening range and are easy to control in this region [96]. Furthermore, they suffer less from cogging torque
and need less expensive transducers compared to permanent magnet machines [96]. The distributed winding
scheme of the induction machine however results in faults of a single phase to propagate to other phases. The
windings of the induction machine when connected in star are shown in figure G.35 [64].

Figure G.35: Induction machine (IM) wiring in star connection. [64]

Permanent magnet synchronous machine

The most often selected motor technology in servo applications is the permanent magnet (PM) machine. Per-
manent magnet machines use permanent magnet material to excite the field eliminating the need for windings
on the rotor. Permanent magnet motors generally have a lower inertia, higher torque to inertia ratio and higher
efficiency compared to induction motors [96]. The permanent magnet machine is also often smaller and lighter
compared to similarly sized induction machines [96]. Power density of a double salient pole permanent magnet
machine can be a factor two higher compared to induction machines [77]. Due to the permanent magnet exci-
tation, PM machines need a lower rated rectifier and inverter for the same output capacity compared to both
induction and SRM machines [96]. On the other hand, poor field weakening properties of the distributed wound
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PM machine requires the converter to be oversized [67]. The concentrated wound PM machine has better field
weakening properties, but at higher frequencies the rotor losses become too high resulting in excessive rotor
temperatures [67]. Field weakening is of lesser importance in servo type motors as high torque and high speed
often occur together in servo applications. The disadvantage of permanent magnet material on the rotor is the
limit on thermal capacity on the motor. Higher temperatures will demagnetize the permanent magnet material
and degrade the motor performance significantly [95].

Within the permanent magnet machines, two designs are often used in literature; the permanent magnet syn-
chronous machine (PMSM) and the brushless direct current machine (BLDCM). The architectures and cor-
responding flux paths of both machine types can be seen in figures G.37 and G.36 respectively. Both motor
technologies have almost equal architectures. The PMSM has a sinusoidal back EMF (AC supply) while the
BLDCM has a trapezoidal back EMF (electrically commutated DC supply) [96]. Practical limitations on the
maximum achievable speed arise when the back EMF equals the DC voltage of the bus, As a result, PMSM has
a higher speed range with the same supply compared to the BLDCM. Also the torque to unit peak current of
the PMSM is 1.33 times higher compared to that of the BLDCM with the same peak value back EMF [96]. The
maximum speed of the PMSM is often limited by the ability of the power converter to generate the sinusoidal
current profile [44]. Application of the sinusoidal current waveform to the PMSM however results in ripple free
torque generation with energy efficiencies up to 97% [44]. An analytical efficiency map by [24] shows that more
than 50% of the PMSM operational range has efficiencies higher than 90% resulting in efficient overall operation.
Power density of the PM machine is limited by the heat dissipation capability of the machine. This is mainly
determined by the stator surface area. As such, the BLDCM is capable of supplying up to 15% more power
compared to the PMSM in the same frame size according to [96]. This is however nuanced by [44] which states
PMSM have a higher torque density compared to BLDC motors at higher power levels. The working principle
of the PMSM requires position sensing to be continuous in contrast to the discretized position sensing for the
BLDC machine, as a result the construction cost of the PMSM is always higher [44]. As accurate position
feedback is needed for proper torque generation, the PMSM is best suited for high-end industrial position or
speed controlled applications [44].

Figure G.36: Brushless direct current machine architecture [157] and the flux paths of a similar machine [14].

Ruba (2017) proposes a fault tolerant PMSM with nine magnetically separated phases as each phase is formed
by a single coil surrounding one tooth. The architecture is shown in figure G.37 together with the corresponding
flux paths. The inverter divides these nine phases in three groups of three phases each connected in star to
form a neutral point. This neutral point is connected to an additional inverter leg which can be used in case
a fault occurs in one of the three phases of a single star. Consequently, the machine is able to operate with
only two of the nine phases. Without the use of the additional inverter leg, the machine is able to keep the
torque constant by increasing the current with a factor

√
3 in case of a single fault [133]. When increasing the

current upon faults, it is important to take into account the thermal effects. Winding’s should be designed on
the thermal load of the fault induced current [134]. When keeping the current constant, approximately 2/3th
of the rated torque will be produced with one faulty phase. Fallout of a phase will create torque ripples, by
engaging the fourth leg when a fault occurs the current is shifted to the correct timing and the torque ripple is
kept to a minimum [133]. In general a high number of coils and phases can be applied to reduce the effects of
winding damages. Fractional slot concentrated winding’s with permanent magnets assure higher torque density,
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negligible cogging torque and a smaller torque ripple [134].

Figure G.37: Nine phase PMSM as proposed by Ruba (2017) and the corresponding flux paths. [133]

Linear actuator motor

Two requirements on the electric machine driving the high power linear actuator are high power density and
high efficiency. The permanent magnet synchronous machine seems to be the current golden standard in servo
motor technology offering both this high power density and high efficiency. The ability to create a fault tolerant
winding scheme means redundancy in the linear electric actuator can be applied without dual motor setups. The
superiority of the PMSM can also be deduced with common sense. Brushed designs have mechanical limits on
velocity and are less power dense. In general those machines are replaced by their brushless counter parts. The
switched reluctance motor is not currently found in commercial applications and is inherently noisy. Induction
machines suffer from losses in their rotor as they need excitation current to magnetize the rotor. As such they
are inherently less efficient compared to permanent magnet designs. The difference between the PMSM and
the BLDCM is mainly found in their EMF profiles and sensors. The smoother EMF and current profile of the
PMSM result in less torque ripple [9]. As such, the permanent magnet synchronous machine is the preferred
solution in servo drives for linear actuators.

Conclusion

This chapter discussed various aspect of the linear actuator for high power applications. Both EHA and EMA
seem promising solutions for these applications. In general, the electro mechanic actuator is expected to be
lighter and more efficient for lower power applications while the electro hydrostatic actuator becomes more
advantageous at higher power levels. However, multiple sources make different claims indicating the absolute
advantage of one technology over the other is largely unknown. On reliability, EHA clearly is the more mature
technology while reliability data of EMA is less known due to less available data from practical experience. One
mean factor between both actuator technologies is the electric machine allowing the actuator to be driven and
to regenerate energy. In comparing various motor technologies, the permanent magnet synchronous machine
seems to offer the best properties for use as a servo drive.

In chapter G.5, the quantifiable data found in literature on the different actuator technologies will be summarized
to get a better understanding of the existing knowledge base on high power linear actuators. Finally, a new
research proposal will be formulated to fill in some gaps in this knowledge base.

G.5 Project proposal

In previous chapters various linear actuator technologies are discussed and reviewed for use in high power
applications. In this chapter, the quantifiable data found in literature from existing and researched linear
actuator solutions is summarized to visualise the existing knowledge on high power linear actuators. At the
end of this chapter, a new research proposal is detailed to fill in some existing gaps in the high power linear
actuator knowledge base.
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Literature review
To summarize the literature findings of chapter G.3 and G.4, a small literature review is performed. The review
is based on quantified data found in the relevant papers. As such, conclusions from the literature study can be
compared with the found examples. Quantifiable data is indexed based on properties such as: actuator type,
maximum force, maximum velocity, power density and efficiency.

Relevant literature was mainly obtained trough digital searches on various keywords relating to linear actuation.
The majority of the papers studied for this literature study where published in the 21st century as can be seen
from figure G.38a. From all studied papers, papers with quantified data are summarized in this section. The
papers containing quantified data are presented in red in figure G.38a. As some papers contain more than one
quantified example, the spread in time of all used data points is shown in figure G.38b. The subject of EHA
versus EMA actuation is a hot topic in ’more electric aircraft’ research. This research kicked off around 1990
according to [132]. This explains the low amount of papers on the topic before this time.

(a) Paper histogram (b) Data points histogram

Figure G.38: Chronological distribution of analysed literature

Papers can be largely subdivided in two classes; papers about a complete actuator and papers only describing a
specific rotary to linear transmission principle for use in an electro mechanical actuator. The data distribution
between the different actuators and transmissions is shown in figures G.39a and G.39b. As can be seen, the
majority of the data points concern EMA or EHA actuators. Only a few data points on hydraulic actuators are
available. As such, hydraulic actuator data will be left out of this review.

(a) Actuators (b) Transmissions

Figure G.39: Number of data points per actuator or transmission type
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In figure G.40a, the actuator data is plotted on a maximum force and velocity scale with the data labelled after
the respective actuator type. The majority of data points are at relatively low maximum speeds and below 100
kN maximum force. The EHA-FPVM has variants in both ’high-speed, low-force’ and ’low-speed, high-force’
applications while the EMA actuators seem to focus on the middle ground. Unfortunately, the data set doesn’t
give a clear trend towards actuator choice based on the force and speed requirements. Furthermore non of
the data points come close to the requirements for the Ampelmann actuator. The lack of data points close
to the posed requirements do not indicate these requirements can not be reached, only that no examples are
available in the studied literature. When plotting the same data set sorted on the application type as seen in
figure G.40b, the majority of data points is found in aviation related applications. This explains largely the
low maximum velocities found in the majority of the data. Most aviation related linear actuators are used for
control surface actuation. A small control arm is attached perpendicular to the control surface, by applying a
small linear translation on the control arm an angular deflection of the control surface is induced. The length
of the control arm often means a small translation induces a large angular deflection, hence low speeds induce
relatively high angular deflection rates. The same conclusion can be drawn when looking at the stroke lengths
of the actuators found in figure G.41. The majority of stroke lengths found in literature for both the EMA and
EHA actuators are in the range of 0 to 300 mm.

(a) On actuator type (b) On application type

Figure G.40: Maximum force and velocity combinations in literature

Figure G.41: EMA and EHA actuator stroke lengths found in literature

Not all data points found in literature contain information about all the indexed properties, as such a lot of
data is lost in 2D plots. To confirm no actuators can be found at the required power level in the studied
literature, maximum power levels per actuator type are plotted (single dimension) in figure G.42a. As can be

174



seen, both quantified EMA and EHA actuators found in literature go up to 45 kW of output power. When
plotting the same graph for individual transmission studies in figure G.42b, the roller screw transmission is seen
to be studied up to power outputs of approximately 500 kW. This indicates mechanical transmissions can be
used for higher power applications. Also the hydrostatic transmission is studied at a power level with the same
order of magnitude as the Amplemann requirements.

(a) Per actuator type (b) Per transmission type

Figure G.42: Maximum power output found in literature

In figure G.43a the efficiencies stated in literature for different actuators is plotted against the maximum
output power of the actuator. Note that these efficiencies indicate the mean operating efficiency and can vary
substantially for different working points or conditions. The plotted efficiencies show a few outliers of both
generic EMA and EHA-FPVM actuators with efficiencies below 50%. The majority of the data points however
show energy efficiencies above 70% with EHA showing the highest efficiencies. However, due to the limited
available data points and the large spread of these data points, no definitive conclusion can be drawn on which
actuator technology is more efficient. The maximum studied power level of 45 kW means results are not
necessarily applicable for stronger (larger) actuators.

(a) Per actuator type (b) Per transmission type

Figure G.43: Efficiencies found in literature

The same efficiency plot is repeated for papers concerning only the rotary to linear transmission principle in
figure G.43b. Note that efficiencies of the transmission should be higher compared to total actuator transmission
as no electric and mechanical losses in the electronics, motor and gearbox are taken into account here. For lower
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power levels, magnetic screws are seen to approach 100% efficiency. Efficiency of this technology however drops
for higher power levels and is not documented past 4.2 kW. Ball-screws show a relative consistent efficiency
between a power level of 0 to 10 kW which is slightly higher than the efficiency of comparable roller screws.
This contrasts the general notion that roller screws are more efficient compared to ball-screws in literature.
However, the small data set renders it impossible to draw significant conclusions in comparing transmissions.
Again, it is unclear from literature which technology is more efficient for high power applications.

Next to efficiency, also weight of the actuator is a determining factor in actuator choice. The amount of
papers quantifying information about the weight of an actuator is limited, however some review papers already
summarized existing weight data which is combined with some additional data points in figure G.44.

Figure G.44: Power density for different output powers.

At low output power both ball-screw EMA and FPVM EHA seem to follow a similar trend line. The low
power density at very low output power can be explained by the minimal material needed to produce a working
actuator. Material thickness and actuator parts can not be reduced indefinitely with reducing force and velocity
requirements. Ball-screw EMA has slightly larger power densities compared to similar EHA actuators at these
power levels. Also the difference between redundant design and non-redundant designs can be seen around 5
kW output power. As expected, redundant designs have generally a little lower power density compared to non
redundant designs. For higher output powers a difference is not visible in this plot due to the low amount of
data points.

A single ball-screw EMA outlier is seen at a power density of 2.2 kW. This data point is found in [57] which
focused specifically on the design of an electro magnetic actuator with a power density of 1 kW/lb ( 2.2
kW kg−1). The design is electrically redundant by using a switched reluctance motor and the corresponding
power electronics. The switched reluctance motor is inherently fault tolerant due to the independence of its
windings. Upon fallout of a single phase still 80% of the torque can be developed by the motor according to [57].
Note that the high power density is also influenced by the very short stroke of only 15 cm. Longer spindles would
increase the weight of the actuator without increasing the power output, hence lowering the power density.

The final major aspect in choice of actuator technology is the reliability of the actuator. Reliability data of
EMA and EHA actuators is only sparsely available in literature. The data found on mean time between failures
(MTBF) is plotted in figure G.45. The first thing that comes to attention upon studying the figure is the large
discrepancy between the two EMA balls-crew data points. Approximately a factor 30 difference in MTBF is
not easily explained by different testing conditions. An important note is that the three lowest data points all
originate from the same paper. No further explanation about how these numbers are determined is given in
this paper. Both highest data points are more reliable as they are backed up by a clear fault tree and proper
references. As such, the ball-screw EMA seems to be more reliable compared to the roller-screw EMA. However
in comparing both values some assumptions are made which are not proven to be accurate:

• MTBF is independent of the load rating of the actuator. This might be the case if load sizing ensures the
material stresses are comparable in different actuators.

• Test conditions are similar or component failure probability is obtained from the same sources. Travelled
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Figure G.45: Mean time between failures of different actuators.

path of the actuator between failures would be a better indicator of reliability of the actuator.

• The few data points are representative for all similar actuators.

An approximation of the second point listed above can be implemented by converting the MTBF in hours to
distance with a generic airplane control surface actuator test setup found in literature. The Ampelmann actuator
has a mean traveled distance per operating hour of 760 m in comparison. Actuator movement data from airplane
control surfaces is not widely found in literature. An aircraft recommended practice document from the society
of automotive engineering details the method to obtain actuator displacement and direction changes from data
obtained in full scale test setups [82]. An example motion profile of a left stabilator (combination of stabilizer
and elevator in a single actuated surface) in a formation flight is given in the same document. Assuming this
motion profile is representative for the mean airplane control surface actuator, an actuator displacement per
time unit can be determined. The given example has a displacement per time unit of 14.4 cm s−1 and has on
average 6.2 direction changes per second. Converting the distance traveled to m h−1 gives approximately 520
m h−1. Combined with a mean time between failure of approximately 120000 h for the EMA roller-screw as seen
in figure G.45, a mean distance between failure of 62400 km is calculated. Next the Ampelmann displacement
per hour can be used to convert the control surface actuator data to the expected lifetime in operating hours
for Ampelmann. Using the above stated value of 760 m h−1 the mean time between failure for the Ampelmann
actuator becomes approximately 82000 h. The same conversion is performed on all data points in figure G.45
and shown in figure G.46. The converted MTBF data relies heavily on the assumption that the stabilator
example data is representative for the mean control surface actuator. However, the recorded formation flight
could be argued to induce more control inputs and resulting actuator movement per time unit compared to
straight and level cruising flight. As such, the expected MTBF for the Ampelmann actuator would most likely
be lower in reality. On the other hand, mean time between failure could be argued to be lower with higher
frequency movements. The Ampelmann actuator operates at much lower frequencies compared to the example
stabilator data. As such, a higher mean time between failure for the Ampelmann actuator could be argued.
Both arguments are needed to indicate the converted mean time between failure is an approximation and by no
means gives an accurate representation of the possibly obtainable lifetime of an actuator.
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Figure G.46: Converted Ampelmann specific mean time between failures for different actuators.

Unfortunately, even the highest MTBF in figure G.46 does not satisfy the failure rate requirement stated by
Ampelmann of 1e− 6 F/h or 1e6 h MTBF . As explained in [162], the rating life is determined by the dynamic
load rating and the cubic mean load. As such reliability of the transmission system can be designed for.
Reliability of the complete EMA and EHA actuator however remain a large topic to be researched further in
the future.
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Literature conclusion

A few things are apparent when studying literature concerning linear electric actuators. Before the 1990’s, almost
all high power linear actuation was facilitated by conventional hydraulic actuators. Examples of applications
for these actuators are heavy machinery such as excavators, forklifts and presses or more precise applications
such as aircraft control surface actuation. Around 1990, the aviation industry started looking into more electric
aircraft (MEA). Electro-hydrostatic (EHA) and electro-mechanic actuation (EMA) are both identified as more
electric linear actuation options. Papers on both subject are found mainly after 1990 with the majority of
EMA and EHA related papers focusing on the subject of aircraft control surface actuation. Only a few papers
discussing EMA and EHA are concerned with different application areas. Papers on components such as the
rotary to linear transmission used in the EMA are found earlier than 1990 and are also often focused on the
technique without specific applications in mind.

The focus on the aircraft industry results in a few trends found in the data. Control surface actuators generally
have stroke lengths of a few centimetres and speed requirements between 0 and 0.3 m s−1 (see figure G.40a).
The maximum load capacity changes more depending on the aircraft size and specific application. However, in
combination with the slower velocity, maximum output power is limited below 50 kW. As such, research to EHA
and EMA actuators at higher power levels or higher speeds is not readily available in literature. Furthermore,
the available data on actuators below 50 kW is often difficult to apply to different applications. Efficiency of an
actuator is very dependent on the actual use case as a backdrivable actuator for example is much more energy
efficient at moving a load than at holding the load nearly stationary. This indicates the first question about
EMA and EHA which is not easily found from existing literature: "Which actuator technology has a lower
energy consumption when applied in an Ampelmann hexapod platform?".

Another requirement for the Ampelmann actuator is the weight of the actuator. Weight of the actuator is
best expressed in power density [kW kg−1] as the weight is variable with the maximum output power. This
requirement is also found in aviation related applications. As such, the best actuator choice based on power
density for output levels up to 45 kW can be determined from existing literature. Electro mechanical actuators
with roller-helical drives seem to be favourable with respect to EHA and EMA ball-screw solutions at 45 kW
output power. The data up to 45 kW is however not representative for larger actuators, data on power density
of those actuators is clearly missing in existing literature. Furthermore, power density is heavily influenced
by specific features such as redundancy design, fatigue sizing and embodiment design. Influences of these
design choices are not researched in the papers found in this literature study. Therefore, the second and third
unanswered question are formulated as: "Which actuator technology has a higher power density when sized for
the Amplemann hexapod actuators?" and "What are the influences of detailed design parameters on the final
actuator weight?".

Finally, reliability of the linear actuator is an important decision factor. Conventional linear actuators have a
proven track record, hence reliability of these systems is very well known. Reliability of EHA and EMA is much
less known due to its less widespread use. Reliability of EHA is often referred to as "very high" in relevant
literature due to the many components inherited from conventional hydraulics. Reliability of EMA’s on the
other hand is much less studied and understood. EMA’s suffer from single point failures leading to mechanical
jamming. Relevant literature often states this as a reason to dismiss EMA options as more work is needed
in reliability analysis. Health monitoring and redundant design are often named as solutions to increase the
reliability. However, redundant design solutions are often limited to the electronics part of the actuator. Very
few solutions on mechanical redundancy are proposed or tested. Furthermore, very few examples are available
on failure rates of these type of actuators. Data on EMA actuators with different transmission principles to
ball- and roller-screw is even absent in literature. Some literature however suggests failure only occurs after the
useful life of the actuator, meaning proper lifetime sizing can reduce failure probability. This renders the fourth
and fifth questions remaining after this literature study: "What are failure rates of individual transmissions
used in electro mechanical actuators?" and "How can failure rates of a transmission be reduced?".

Graduation project

Literature reveals some interesting knowledge gaps regarding optimality in high power linear actuation technol-
ogy. Determining exact failure rates for various actuator technologies requires extensive experimental testing of
physical prototypes and goes beyond the scope of a graduation project. On the other hand, reduction of trans-
mission failure rate or failure risk can be achieved on a fundamental level by looking at failure mechanisms and
redundancy in the design. Design variations to achieve failure rate or failure risk reduction also influence both
weight and efficiency of the actuator relating to questions 1, 2 and 3 stated in section G.5. The interconnected
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Figure G.47: Optimization scope of the proposed project.

properties of the EMA and EHA actuator make it difficult to make a proper assessment of optimality in the early
concept stage of actuator design. Having an automated tool to optimize several actuator technologies on the
same requirements with detailed design choice implementations would enable to make an informed deliberation
of actuator technologies for a specific application. As such, the following graduation project is proposed:

Developing an automated high power EMA and EHA sizing and efficiency estimation tool with de-
tailed design choice effects and reliability constraints to aid in application specific optimal actuator
choice.

The tool would require inputs concerning a representative motion and load series, requirements on reliability
and lifetime, and peak power capabilities. Different existing EMA and EHA architectures will be assessed and
optimized based on weight and energy consumption with constraints on reliability and practical limitations.
Practical limitations are for example found on maximum power supply on the vessel and maximum spindle
speeds. The emphasis of the optimization should be put on the mechanical and hydrostatic principles and their
specific properties. As such the scope of the actuator will be limited to the actual linear actuator itself (see
figure G.47). Control effects will not be taken into account, and energy storage will be assumed to be 100%
efficient. Furthermore, the electric motor in all actuator designs can be implemented by a permanent magnet
synchronous machine as discussed in section G.4. As such, the extra weight and efficiency of power electronics
can be left out of the equation to simplify the needed actuator models.

From the literature study, some actuator architectures are seen to have a higher potential in high power ap-
plications. As such, four different actuator architectures should be compared in the proposed tool. In electro
hydrostatic actuation, both the FPVM and the APVM architectures look promising. The EHA-FPVM has a
simple structure and is cheap and robust. Meanwhile, the EHA-APVM promises a superior efficiency and pos-
sible weight savings due to lower peak power rating requirements. The FPVM structure also closely resembles
the hydrostatic prototype being build by Ampelmann at the time of writing this report. In electro mechanical
actuation, the roller-screw transmission is clearly seen to be superior to the ball-screw transmission in high load
and high velocity conditions. Furthermore, this technology is currently already used in off the shelf actuators.
Also the hydrostatic-screw has potential in high load situations. The linear velocity of this technology might
prove difficult, however the potential efficiency benefit makes this technology a possible contender to roller-screw
transmissions.

The required number of motors and maximum motor torque can be used to estimate the weight of the motors.
Furthermore, scaling laws for transmissions and pumps can be used to find the total weight of the actuator.
Efficiencies can be largely found in existing analytical models and can be checked by extrapolating from man-
ufacturer data. Several papers can be found detailing specific models regarding weight or efficiency estimates
of a transmission principle. However, no literature was found on the combination of several of these models for
optimization purposes or with examples in high power applications. Existing component level models can be
used as a base for the automated tool. An overview of papers discussing component level models is given in
table G.10.

An additional component of the model should be the discretization of the available components. Manufacturers
generally produce parts in various pre determined sizes. The optimized sizing should thus be compared to
existing components, follow up calculations should be performed with the closest available size to the optimum.
Papers on mid level power actuators can be used for model validation purposes together with existing A3.0
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actuator data within Ampelmann. Finally, reliability of actuator designs can be determined trough FMECA
with component level failure rates found in commercial databases.

Finally also the validity of the tool should be discussed. Validity of the proposed tool is dependent on the posed
constraints, such as maximum allowable spindle speed, and on assumptions within the component models. How-
ever, validity can also be interpreted as the physical limitations on a given actuator technology. Understanding
the maximum attainable forces , velocities, efficiencies and power densities of the stated actuator architectures
is a large part in the scientific contribution of the proposed project.

Table G.10: Literature references containing component level analytical models.

EMA EHA Ballscrew Rollerscrew Other

Efficiency [31] (ballscrew) [34] (VPVM)
[59] (VPVM)
[76] (VPFM)
[76] (FPVM)
[140] (open circuit)
[172] (VPVM)
[178] (VPVM)

[101]
[121]
[126]
[184]

[89]
[111]
[112]
[128]
[167]

[11] (Hydrostatic pump)
[24] (PMSM)
[49] (hydrostatic-screw)
[69] (PMSM)
[70] (HA)

Weight [129] [181] (FPVM)

Other [48] (RS,Multibody)
[110] (scalling laws)

[131] (FPVM, flow)
[143] (FPVM, flow)
[179] (VPVM, control)

[79] (Impact failure)
[102] (Kinematics)
[153] (lifetime)
[173] (Wear analysis)

[87] (Kinematics)
[98] (lifetime)
[144] (sizing)
[153] (lifetime)

[73] (Ringscrew design)
[139] (MTBF harmonic
gear)
[183] (motor torque)

In the end, the tool should be able to show a pareto optimality front of actuator designs which can be compared
for the given actuator technologies. Using pareto optimality instead of weighted goals enables different linear
actuator technologies to be compared for a specific application with variable objective weights. As such, the
sensitivities of these objectives can be discussed. Next to the optimality front with regard to energy consumption
and power density, also estimates of actuator stiffness (without motor) ,reliability and cost should be given.
These parameters are important in the commercial and control aspects of actuator decision making.

Methods

The proposed project of section G.5 requires an extensive mathematical model of the actuator architectures
and mathematical optimization techniques to find an optimum in actuator design variables. Both actions
can be performed in the MATLAB environment. Assembling mathematical models of the required actuator
architectures can be performed without the need for additional MATLAB toolboxes. Optimization task however
can be vastly sped up by using the optimization toolbox of MathWorks. Initially, toolboxes will be used to speed
up development of the proposed tool. Later on the toolboxes could be gradually replaced by simplified equivalent
scripts. This later task should only be performed if time is available.

Optimization of the actuator architectures towards lowest energy consumption and highest power density posses
a few requirements on the optimization algorithm which is used:

• Allow multiple objective functions

• Able to generate a pareto optimality front

• Able to handle discretized input parameters

In general, optimization algorithms are divided in two main categories; gradient based and gradient free algo-
rithms. Gradient based algorithms are often faster, but rely on continuous objective and constraint functions.
Also input parameters are expected to be continuous. With respect to the discretized availability of components,
discretized input parameters should be accepted. As such, a derivative free optimization algorithm is preferred
in the proposed tool. Multi objective optimizations can be handled in two ways. First, the optimization prob-
lem could be reduced to a single objective problem by implementing objective weights. The use of objective
weights however enables comparison of different actuator styles only on a specific objective importance ratio.
Alternatively, multiple objectives can be combined to generate a Pareto optimal front. This front shows the
optimal design solutions for which an improvement in one objective requires a degradation in another. The
Pareto optimal front enables comparison of different actuator architectures with variable objective importance
ratios. This later solution is preferred in the proposed tool.
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Pareto optimal solutions can be obtained with different gradient free algorithms. According to [12], particle
swarm optimization (PSO) presents the best balance between quality of solution and number of function evalu-
ations compared to several heuristic multi objective optimization algorithms. [39] shows multi objective particle
swarm optimization (MOPSO) only needs half of the computational time compared to a micro genetic algorithm
(microGA) on a benchmark problem. This is especially relevant as microGA is often referred to as a very fast
optimization approach [39].

[147] proposes an improvement on the MOPSO called the multi-objective feasibility enhanced particle swarm
optimization (MOFEPSO). This algorithm enhances the handling of constraint functions and enables optimiza-
tion without feasible starting points. This enables the algorithm to find a feasible solution even if the feasible
design space is very small [147]. [152] also shows a small change in the PSO algorithm to enable the use of
discrete input variables. The MOFEPSO is therefore well suited for the optimization problem at hand. Dis-
cretized variables can be used to incorporate part availability while low computational cost will result in fast
optimization results.
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G.6 Summary
Linear actuator technology is moving towards leaner design solutions using electric drives and compact high
efficiency transmissions. Literature shows the majority of these new generation linear actuators are being
developed for aviation related applications as the ’more electric actuator’. As such, the majority of the research
found in literature is focused on linear actuation up to power levels of approximately 45 kW. In contrast, the
Ampelmann hexapod actuator should be able to output a maximum of 150 kW where both the force and velocity
of the actuator are often higher than those seen in aviation related actuators. The most often referred to ’more
electric actuator’ are the electro mechanic actuator using a ball- or roller-screw and the fixed displacement electro
hydrostatic actuator. Advantages of one over the other technology are not very well documented and are largely
unknown for applications requiring more than 50 kW. The main criteria to compare actuator technologies for
use with the Ampelmann hexapod are actuator weight and energy losses. However, additional criteria such
as reliability and manufacturing cost should also be taken into account. To obtain a clear understanding of
the differences between the ’more electric actuator’ technologies on these criteria, a new research project is
proposed. The proposed project uses mathematical models of both electro mechanic and electro hydrostatic
actuators to find the optimal sizing for efficiency and weight with regard to an Ampelmann specific force and
motion case. The developed software tool will function as such that other requirements or force and motion
cases can be easily inserted to optimize actuators for different applications. The overall goal of the proposed
project is developing a better understanding of the physical limitations of both electro mechanical and electro
hydrostatic linear actuators.
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Appendix H

Glossary

EMA electro mechanical actuator

EHA electro hydrostatic actuator

FPVM fixed pump variable motor

PRS planetary roller screw

MEA more electric actuator
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