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A B S T R A C T

Traditional heat pump systems typically rely on a single low-temperature source, such as air, ground, or solar 
energy, each with intrinsic limitations. Air-source heat pumps are highly sensitive to temperature fluctuations 
across seasons and daily cycles, while the efficiency of solar-source heat pumps is constrained by the intermittent 
availability of solar radiation. Ground-source heat pumps, in contrast, deliver consistent seasonal performance 
but involve higher costs for the installation of borehole heat exchangers. Multisource heat pumps offer a 
promising technology to overcome these challenges and maximize the use of renewable energy.

This paper presents a numerical investigation of an innovative multisource heat pump using CO2 as a low GWP 
refrigerant, that can exploit three different thermal sources through dedicated evaporators: air source with a 
finned coil heat exchanger, solar source with photovoltaic-thermal (PV-T) collectors, and ground source with a 
U-tube borehole heat exchanger (BHE). Two modes of operation are foreseen: solar-air mode (SA-mode) and 
ground-air mode (GA-mode). The novelty of this system lies in the concept of a multisource direct expansion heat 
pump in which the CO2 directly vaporizes in flooded mode in the solar or ground evaporators, while the finned 
coil works in dry expansion mode. Differently from all other systems, the solar and ground evaporators operate 
simultaneously with the air evaporator. Simulations are performed to assess the performance of the multisource 
heat pump under varying environmental conditions: air temperature, solar irradiance, and soil temperature. The 
results demonstrate that while air temperature influences the performance of both SA-mode and GA-mode, each 
mode exhibits distinct sensitivities to the other environmental parameters. SA-mode performance is significantly 
affected by solar irradiance, with a 100 W/m2 increase in irradiance corresponding to a 2.8 % enhancement in 
the coefficient of performance (COP). Conversely, GA-mode performance shows a notable response to soil 
temperature variations, where a 1 K increase in soil temperature results in a 0.9 % improvement in COP. The 
results compare SA-mode and GA-mode with air-source heat pump mode under varying thermal loads for space 
heating (SH) and domestic hot water (DHW) production, showing up to 22 % COP increase for GA-mode and SA- 
mode. As a further step, the study investigates the effect of varying the number of PV-T modules and borehole 
heat exchangers on the heat pump performance. The simultaneous use of two energy sources always results in 
improved system performance even with limited PV-T or BHE heat transfer areas.

1. Introduction

In recent years, European Directives have increasingly highlighted 
the use of heat pumps as promising renewable solutions to address en
ergy efficiency and reduce greenhouse gas emissions [1]. One of the 
most widely adopted heat pump systems in buildings is the air-source 

heat pump (ASHP), appreciated for its easy installation process, 
reduced energy usage, substantial energy-saving potential, and envi
ronmentally friendly design [2]. However, the performance of the 
ASHPs is strongly affected by air temperature variations across seasons 
and daily cycles, which declines as the air temperature drops, notably 
when the heat demand is higher. Furthermore, a combination of the low 
air temperature and high relative humidity can cause frost formation on 
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the ASHP evaporator and reduce the evaporator efficiency and subse
quently the COP of the system [3,4]. To mitigate the limitations of the 
air source on heat pump performance, alternative heat sources can be 
exploited, such as geothermal energy in ground-source heat pumps 
(GSHP) and solar irradiance in solar-assisted heat pumps (SAHP) [5]. 
These alternatives, both GSHP and SAHP, can operate in two configu
rations: direct expansion (DX), in which the refrigerant is circulated 
directly through boreholes or solar collectors, where it undergoes 
evaporation; indirect expansion (IDX), by using a secondary fluid that is 
circulated through boreholes or solar collectors to absorb heat, which is 
then transferred to the refrigerant via a heat exchanger, enabling its 
evaporation [6].

In the case of GSHPs, DX-GSHPs offer the advantages of lower initial 
installation costs, improved energy performance, elimination of sec
ondary pumps, and reduced operational expenses compared to IDX- 
GSHPs, also known as secondary loops [5,7]. Additionally, when 
compared to ASHP, considering a long-term techno-economic analysis, 
Hakkaki-Fard et al. [8] demonstrated that properly sizing a DX-GSHP 
system, with vertical U boreholes, can result in a 50 % reduction in 
energy consumption with respect to ASHP. However, due to the high 
installation cost, the payback period for the DX-GSHP is 15 years longer 
compared to ASHPs. With regards to carbon dioxide as the refrigerant, 
Choi et al. [9] analytically compared the performance of a DX-GSHP 
assisted with solar collectors, using R22 or CO2 as refrigerants under 
varying conditions. It was found that the COP of the CO2 DX-GSHP is 

about 30 % lower compared to the R22 DX-GSHP under various tem
perature conditions. Austin et al. [10] numerically investigated a DX- 
GSHP working with CO2 in a transcritical cycle. After optimization of 
the system parameters including gas cooler size, mean evaporation 
temperature, superheating and number/length of evaporator circuits, 
the optimized system resulted in an 18 % increase in both COP and 
heating capacity compared to the initial baseline system. When 
considering an IDX-GSHP, Bordignon et al. [11] numerically analysed 
the performance of a reversible cascade system working with R134a and 
R410A. A water-glycol mixture was used to exchange heat with the 
ground. The simulations were carried out for various locations including 
Helsinki, Strasbourg, and Athens showing seasonal coefficients of per
formance equal to 2.48, 2.53, and 2.86 respectively.

Similarly, SAHPs exploit solar irradiance captured by solar thermal 
collectors as a renewable heat source. In DX-SAHP configuration, the 
refrigerant directly absorbs the solar irradiance eliminating the use of 
water pumps and internal heat exchangers, decreasing the risk of 
corrosion and freezing inside the collectors [12]. A more innovative 
approach for increasing the efficiency of the SAHPs involves the use of 
photovoltaic-thermal (PV-T) collectors as the evaporator. Although they 
present a lower thermal efficiency than solar thermal collectors, the 
cooling of PV cells contributes to reduced overall net consumption due 
to improved electricity production [13,14]. Chen et al. [15] introduced a 
DX-SAHP operating in a novel vapor injection autocascade system, in 
which a solar collector and a finned coil heat exchanger can work 

Nomenclature

Abbreviations
ASHP Air source heat pump
BHE Borehole heat exchanger
COMP Compressor
COP Coefficient of performance
DHW Domestic hot water
DSHP Dual-source heat pump
DX Direct-expansion
EEV Electronic expansion valve
FCHE Finned coil heat exchanger
GA-DSHP Ground-air dual-source heat pump
GC Gas-cooler
GSHP Ground source heat pump
HP Heat pump
IDX Indirect-expansion
IHE Internal heat exchanger
PUMP Circulation pump
PV Photovoltaic
PV-T Photovoltaic-thermal
REC Low-pressure receiver
SA-DSHP Solar-air dual-source heat pump
SAHP Solar-assisted heat pump
SL Secondary loop
SH Space heating

Symbols
A Area [m2]
c Specific heat capacity [J kg− 1 K− 1]
C Thermal capacity [J K− 1]
d Diameter [m]
D Distance [m]
GTI Global tilted irradiance [W m− 2]
h Specific enthalpy [J kg− 1]
H Total enthalpy [J ]
HTC Heat transfer coefficient [W m− 2 K− 1]

L Length of the borehole [m]
m Mass [kg]
ṁ Mass flow rate [kg s− 1]
Nu Nusselt number [-]
p Pressure [Pa]
P Electrical Power [W]
Q Heat flow rate [W]
r Radius [m]
R Thermal resistance [K W− 1]
t time [s]
T Temperature [◦C]
V,v Volume [m3]
x Vapor quality [-]
ρ Density [kg m− 3]
λ Thermal conductivity [W m− 1 K− 1]
ΔT Temperature difference [K]

Subscripts
b Borehole
cond Conduction
e External
eq Equivalent
evap Evaporation
exp Experimental
f Fluid
g Grout
i Internal
l Liquid
num Numerical
out Outlet
p Pipe
r Refrigerant
s Soil
tot Total
v Vapor
w Water
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simultaneously as evaporators. The refrigerant used is a low-GWP 
mixture of R290/R1233zd(E) with 50/50 % mass composition. The 
authors numerically showed that the developed system increased the 
COP by about 16 % and the corresponding heating capacity by 18 % 
compared to conventional systems that rely only on finned coil 
evaporators.

It is important to note that most of the DX-HP systems examined in 
the literature utilize HCFC and HFC as refrigerants. Nevertheless, the 
adoption of natural refrigerants in future heat pumps will become 
increasingly crucial due to evolving regulations, such as the European 
Union’s F-gas Regulation (EU) 2024/573 [16], which seeks to phase 
down the use of HFCs within the EU to reduce their environmental 
impact. Studies on DX-SAHP have implemented both synthetic R410A 
[17], R32[17], and R134a [18] and natural refrigerants [19,20]. With 
regards to DX-GSHPs, there are relatively fewer studies on natural re
frigerants than synthetic refrigerants such as R22 [21,22] and R410A 
[23].

A viable alternative to relying on a single energy source is the use of 
multisource heat pumps, which can exploit different low-temperature 
energy sources using distinct evaporators.

Sazon et al. [24] numerically investigated an IDX solar-assisted 
ground-source CO2 heat pump using solar collectors (SCs) and BHEs as 
evaporators. The authors compared different configurations of the pro
posed heat pump: SCs and BHEs in series and SCs and BHEs in parallel. 
Model results demonstrated that the series configuration with BHEs after 
the SCs outperformed the other configurations in terms of seasonal 
performance factor. Other possible configurations are ground-air and 
solar-air, coupling ground source or solar source with air to overcome 
limitations which each source imposes. Pelella et al. [25] numerically 
examined the thermo-economic optimization of a three-source heat 
pump (air, ground, and solar) operating with propane as the refrigerant. 
In their study, the refrigerant flows directly to the finned coil evaporator 
(air), while SCs and BHEs operate in an indirect-expansion mode using a 
secondary loop, showing the suitability of ground energy for colder 
climates and solar for warmer. Also, they investigated the possibility of 
optimizing the system to increase the seasonal coefficient of perfor
mance from 3.43 to 11.76 depending on the location and initial costs.

The advantage of ground-air dual-source heat pumps (GA-DSHP) lies 
in reduced costs of drilling compared to traditional GSHPs. In fact, 
combining the borehole evaporator with an air evaporator allows for 
smaller borehole fields as part of the energy can be extracted from the air 
source. Grossi et al. [26] reported a 15 –55 % reduction when using an 
IDX-GA-DSHP compared to the borehole field required for conventional 
GSHPs with the same heating capacity. Siren et al. [27] numerically 
compared an IDX-GSHP with an IDX-GA-DSHP, showing that the IDX- 
GA-DSHP outperforms and reduces the space needed for the bore 
field. According to the literature, GSHPs are more commonly coupled 
with solar collectors, auxiliary heating systems, and thermal storage 
rather than air [28].

Another possibility relies on the use of solar-air dual-source heat 
pumps (SA-DSHP) which combine the use of solar and air sources. Li 
et al. [29] compared, experimentally and numerically, the performance 
of an IDX-SA-DSHP and an ASHP. The results showed the higher per
formance of the SA-DSHP, enhancing both technical and economic 
performance compared to the ASHP pump during the heating season. 
Moreover, Qu et al. [30] experimentally studied the characteristics of an 
IDX-SA-DSHP with PVT evaporators demonstrating that the electrical 
conversion efficiency can be improved by 10.3 %. Zanetti et al. [20] 
have experimentally and numerically investigated a DX-SA-DSHP 
working with CO2 as the refrigerant circulating within either PV-T 
modules or the finned coil heat exchanger, demonstrating an 8 % in
crease in electrical production due to the better cooling of PV-Ts.

Regardless of the energy sources considered, DSHPs in series 
configuration must switch between energy sources to ensure maximum 
performance under varying environmental conditions [26]. However, 
this switching requires a dedicated control logic to optimize the 

selection and utilization of each source [31,32]. A viable option that has 
been proven to be effective is to operate both energy sources simulta
neously. Despite its potential benefits, the simultaneous use of different 
energy sources in DSHPs remains almost unexplored in the available 
literature, highlighting a gap that warrants further investigation. In a 
previous work [33], it has been experimentally and numerically 
addressed the advantages of running a carbon dioxide DX-SA-DSHP with 
simultaneous operation of solar and air sources evaporators, demon
strating that working in simultaneous mode allows for more flexibility 
and increased system COP compared to both air mode and solar mode 
only.

The present literature review indicates that various configurations of 
dual-source heat pumps have been explored. However, studies on three- 
source heat pumps remain scarce. Additionally, direct expansion evap
orators have received less attention compared to indirect systems, 
particularly in combination with borehole heat exchangers and natural 
refrigerants. To the best of the authors’ knowledge, no study has yet 
investigated the use of direct expansion evaporators to exploit multiple 
renewable energy sources simultaneously.

In order to address this gap in the literature, the present study pro
poses a multisource direct expansion heat pump using CO2 as a natural 
refrigerant and three renewable low-temperature heat sources. In 
particular, the system is equipped with three direct expansion evapo
rators (avoiding the use of a secondary fluid): a finned coil heat 
exchanger for the air source, a PV-T collector for the solar source, and a 
U-tube borehole heat exchanger for the ground source. The finned coil 
evaporator is fed in dry expansion, while the solar and ground evapo
rators operate in flooded mode, overcoming possible maldistribution 
problems of the mass flow rate. Two configurations of the multisource 
heat pump are investigated: solar-air mode (SA-mode) with finned coil 
and PV-T collectors running simultaneously and ground-air mode (GA- 
mode) with finned coil and BHE running simultaneously. The multi
source system operates as a DSHP in each mode. It is important to note 
that this configuration is different from all existing parallel and series 
setups found in the literature. A comprehensive numerical model of the 
heat pump system has been developed and implemented to evaluate the 
comparative performance of the GA-mode and SA-mode against the 
conventional air-source mode. This model facilitates a systematic anal
ysis under different thermal load conditions and varying environmental 
parameters. Specifically, the models of the finned coil and BHE evapo
rators working with CO2 have been validated against measurements 
from ad-hoc experimental tests and from the literature, respectively. The 
results allow for the evaluation of the performance of this novel multi
source heat pump under different working modes (GA-mode, SA-mode, 
and Air-mode) and scenarios (in terms of both thermal loads and envi
ronmental conditions).

2. Heat pump description

The heat pump studied in this work is a direct expansion multisource 
heat pump, working with CO2 as the refrigerant, that can exploit three 
renewable heat sources: solar, air, and ground. Fig. 1 shows the layout of 
the multisource heat pump system (a) and the logarithmic pressure- 
enthalpy diagram representing the thermodynamic cycle at design 
conditions (b). The main components of the system are the compressor 
(COMP), the gas cooler (GC), the internal heat exchanger (IHE), the 
electronic expansion valve (EEV, which acts as a backpressure valve that 
controls the high-pressure by varying its aperture), and the low-pressure 
receiver (REC). The heat pump is equipped with three evaporators, 
which are used to exploit the different thermal sources: a finned coil heat 
exchanger (FCHE), three PV-T collectors, and a U-tube borehole heat 
exchanger (BHE). Two configurations of this multisource heat pump are 
studied: solar-air mode (SA-mode) in which the finned coil and PV-T 
evaporators operate simultaneously, and ground-air mode (GA-mode) 
in which the finned coil and BHE evaporators run simultaneously.

Following the system layout (Fig. 1a) and the corresponding log(p)-h 
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diagram (Fig. 1b), the superheated refrigerant (point 1), is compressed 
and sent to the GC to be cooled down. It then passes through the IHE, 
where it undergoes further subcooling (point 3). After expansion in the 
EEV, the refrigerant enters the two-phase region and evaporates inside 
the FCHE (point 5). With an increased vapor quality, the CO2 enters the 
REC, where the two-phase mixture separates into vapor and liquid due 
to density differences. At point 7, liquid CO2 is taken from the bottom of 
the REC and directed either to the borehole heat exchanger (BHE) in GA- 
mode or to the PV-T collectors in SA-mode. After the evaporation pro
cess, the refrigerant returns to the REC at point 8. Finally, the saturated 
vapor (point 9), which is firstly superheated through the IHE, is drawn 
back into the compressor at point 1. This arrangement allows the FCHE 
evaporator and the PV-T or BHE evaporators to operate simultaneously. 
Notably, the three different evaporators (FCHE, PV-T, BHE) and the REC 
operate at the same pressure level. The low-pressure receiver controls 
the low-pressure due to the conservation of the mass and energy of the 
CO2 inside it [14].

The mass balance can be expressed as: 

dmREC

dt
=

d
dt

[ρlVl + ρv(VREC − Vl)] (1) 

where VREC and Vl are the volume, respectively, of the receiver and of 
the CO2 in liquid phase, ρl and ρv are the densities in liquid and vapor 
phases. In general, the variation of the refrigerant mass inside the 
receiver depends on ṁCOMP (which is the mass flow rate elaborated by 
the compressor) and on the flow rate circulating in the solar/ground 

evaporator 
(

ṁPUMP

)

. It can be written in terms of enthalpy fluxes as: 

ṁCOMP
(
hin,REC − hv

)
+ ṁPUMP(hPVT − hl) =

dH
dt

(2) 

where H is the refrigerant total enthalpy in the receiver and its rate of 
change over time depends on the quantity of liquid and vapor phases, as 
follows: 

dH
dt

=
d
dt

[ρlVlhl + ρv(VREC − Vl)hv] (3) 

3. Numerical method and validation

3.1. Modelling of the borehole heat exchanger

Modelling the borehole heat exchanger (BHE) for direct expansion 

ground-air mode of the multisource heat pump (GA-mode) involves 
assessing the heat transfer between the circulating refrigerant and the 
borehole. The heat transfer within the BHE is crucial for an accurate 
physical model. In this study, the refrigerant is modelled in terms of 
enthalpy change along the circuit and integrated with the rest of the 
system geometry using a thermal resistance and capacity model (TRCM). 
The properties of the fluids are derived using Refprop 10.0 [34].

3.1.1. Heat transfer
To model the refrigerant flow in a U-tube and its interaction with the 

rest of the borehole, a quasi-3D approach to thermal resistance and 
capacity is considered. The model takes into account the enthalpy 
changes of the fluid as it undergoes heat transfer, which is achieved 
through two primary mechanisms. Within the fluid (CO2), heat is 
transferred by convection. Simultaneously, conduction is responsible for 
transferring heat from the adjacent materials, the grout, and the soil 
surrounding the borehole. This dual approach ensures a comprehensive 
representation of the thermal interactions between the fluid, grout, and 
soil. The TRCM is schematically shown in Fig. 2.

This approach allows the time derivative of the temperature for a 
given control volume to be determined by the rate of internal energy 
change, expressed as: 

C
dT
dt

=
ΔT
R

(4) 

where C represents the thermal capacity of the node, ΔT and R represent 
the temperature difference and the thermal resistance between the two 
nodes, respectively. For a network of multiple nodes, the generalized 
equation is defined as: 

Cj
dTj

dt
=
∑nj

k=1

Tk − Tj

Rk
∀j = 1⋯n (5) 

where n is the total number of nodes, j is the node index, nj is the number 
of adjacent nodes to j, and k is the neighbour node. In this way, the heat 
transfer from and to each component of the borehole can be calculated. 
In this study, the single U-loop BHE for a GA-mode is modelled using the 
method developed by Bauer et al. [35].

3.1.2. Thermal resistances and thermal capacities
The thermal resistance between the fluid flowing inside tubes and 

the grout zone (Rfg) is calculated as follows: 

Fig. 1. a) Layout of the multisource heat pump system and b) thermodynamic cycle at the design condition plotted in a log(p)-h diagram.
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Rfg = Rf +Rcond,p +Rcond,g (6) 

where Rf is the convective thermal resistance of the fluid calculated 
from the Nusselt number (Nu). Rcond,p and Rcond,g are the conductive 
thermal resistances of the pipes and the grout, respectively. These 
thermal resistances are calculated by the following equations: 

Rf =
1

Nu λf π (7) 

Rcond,p =

ln
(

de
di

)

2πλp
(8) 

Rcond,g = k Rg (9) 

The thermal resistance between the grout zone and the borehole wall 
(Rgb) is calculated as: 

Rgb = (1 − k) Rg (10) 

The thermal resistance between the two grout zones is calculated as: 

Rgg =
2Rgb

(
Rar − 2kRg

)

2Rgb − Rar + 2kRg
(11) 

With the thermal resistance of grouting material (Rg) and the thermal 
resistance between the outer wall of the tubes and borehole wall as 
follows (Rar), respectively: 

Rg =

arcosh

[
d2

b+d2
a+s2

2dbda

]

2πλg
×

(

1.601 − 0.888
s
db

)

(12) 

Rar =

arcosh

[

2s2 − d2
a

d2
a

]

2πλg
(13) 

Finally, x is the parameter used for locating the centre of the mass of the 
grout, calculated as: 

x =

ln

⎛

⎝
̅̅̅̅̅̅̅̅̅̅̅
d2

b+2d2
a

√

2da

⎞

⎠

ln
(

db̅̅
2

√
da

) (14) 

The thermal resistance of the soil (Rs) is defined as follows: 

Rs =
1

2πλs
ln
(

rm

rb

)

(15) 

Where λs is the thermal conductivity of the soil, rb is the radius of the 
borehole and rm is the average radius between the borehole wall and 
undisturbed soil.

The Nusselt number for calculation of the fluid thermal resistance is 
estimated by the convective heat transfer coefficient (HTC) of the fluid: 

Nu =
2rpiHTC

λf
(16) 

where λf represents fluid thermal conductivity. For CO2 in two-phase 
conditions inside pipes, h is calculated using the correlation developed 
by Cheng et al. [36]: 

HTC = 2⋅10− 8 Re1.97
H Pr1.06

V Y− 1.83 λV

deq
(17) 

Where the homogenous Reynolds number ReH and the correlation factor 
Y are expressed as: 

ReH =
Gdeq

μV

[

x+
ρV

ρL
(1 − x)

]

(18) 

Y = 1 − 0.1
[(

ρV

ρL
− 1
)

(1 − x)
]0.4

(19) 

where G is the mass flux of the refrigerant. On the other hand, for single- 
phase flow, the convective heat transfer coefficient HTC is evaluated 
according to the equation developed by Gnielinski [37]. The equivalent 
diameter deq is defined as 

deq =

̅̅̅̅̅̅
4A
π

√

(20) 

Fig. 2. Network of the thermal resistances (R) and capacities (C) for one layer of the BHE.
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where A is the cross-sectional area of the flow channel.
Regarding the thermal capacities of the network depicted in Fig. 2, 

the capacity of the soil has been neglected, while the thermal capacity of 
the grout is defined by the following equation: 

Cg = ρg
π
4

(
d2

b
2
− d2

a

)

cp,g (21) 

3.1.3. Enthalpy change
The governing equation for the enthalpy changes of the fluid within 

the circuit during time is derived from the energy balance of an infini
tesimal element of the fluid of the BHE. For all layers, it is expressed as: 

mj
dhj

dt
=

Tg,j − Tf ,j

Rfg
− ṁf

(
hout,j − hin,j

)
∀j = 1⋯nz (22) 

Corresponding to the enthalpy change affected by heat transfer on the 
right-hand side and the enthalpy change due to advection on the left- 
hand side. In fact, hin,j and hout,j represent the specific enthalpy of the 
fluid entering and exiting from a general node j, which are used to 
evaluate the bulk enthalpy of the fluid as follows: 

hf ,j =

(
hin,j + hout,j

)

2
∀j = 1⋯nz (23) 

Tfj is the fluid temperature along the pipe calculated from pressure and 
specific enthalpy using Refprop 10.0, and mj is the mass associated with 
each volume of the refrigerant element, assumed to be an average 
temperature between the fluid inlet and outlet of the element 

mj = ρjνj ∀j = 1⋯n (24) 

3.1.4. Algorithm and convergence factors of the BHE
Temperature gradients within the borehole are generally high in the 

vertical direction, primarily due to fluid heat transfer. To improve nu
merical stability, the total length of the borehole is divided equally into 
different layers. In all layers, the heat fluxes among nodes are calculated 
for each node. Then, having two values of the heat fluxes at the grout 
nodes, the convergence criteria require the equalization of the heat 
fluxes calculated for each layer at these nodes. Fig. 3 presents a general 
layer of the network, the heat transfer between the different temperature 
nodes of the network is calculated considering the general equation 
below for two points of the network after the calculation of the 
temperatures. 

Q =
ΔT
R

(25) 

Nodes representing the temperatures of the grout, namely Tg1 and Tg2, 
are central for the calculation of the balance of the heat fluxes trans
ferred among nodes which are calculated once for the neighboring nodes 

(Tf1 and Tb for Tg1, Tf2 and Tb for Tg2) and once for Tg1 and Tg2. When 
these criteria are satisfied for the whole borehole, convergence is ach
ieved for the fluid evaporating temperature at every layer along the 
tube, as well as for the temperatures of the grout and borehole boundary.

Fig. 4 illustrates the flowchart with the algorithm used in the BHE 
evaporator model. The inputs of the model are the enthalpy and the 
pressure at the inlet of the U-tube, the undisturbed soil temperature, and 
the geometrical information of the borehole. It has been assumed that 
the pressure losses are negligible, so the pressure is constant during the 
evaporation process. The model calculates the fluid condition inside the 
borehole (enthalpy, vapor quality, and temperature), the heat flux, and 
the temperature of the grout and borehole wall.

3.1.5. Steady-state validation of the BHE evaporator numerical model
To investigate the accuracy and reliability of the newly developed 

BHE evaporator model when it is used as a direct expansion evaporator 
of CO2, the results of the simulations are compared to the experimental 
data of Badache et al. [38].

The BHE consists of 30 m vertical boreholes, arranged in parallel, 
with a diameter of 78 mm. Inside each borehole, there is a single copper 

Fig. 3. Network of the heat fluxes for one layer of the BHE. Fig. 4. Flowchart algorithm of the BHE evaporator model.
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U-tube, where the refrigerant flows inside. The original U-tube has two 
different internal diameters in the downward flow direction and the 
upward flow direction, for simplicity an average value of 5.6 mm is 
assumed. Grout with a nominal conductivity of 0.8 W/(m K) was used 
for the filling material inside the borehole. The geometrical character
istics of the borehole reported in [38] and as inputs for the simulations 
are summarised in Table 1. In particular, the undisturbed soil temper
ature (assumed at a 5 m distance from the borehole wall) of the simu
lation is equal to 9.5 ◦C along the depth for all simulations. However, for 
Badache et al. [38] a soil temperature profile from 2 ◦C to 9.5 ◦C was 
considered for the first 5 m of depth.

The other input parameters needed for performing simulations are 
the number of boreholes, evaporating temperature, refrigerant mass 
flow rate, and the main output used for comparison is the total heat 
exchanged in BHEs. The total heat exchanged QBHE is defined as the 
difference between the enthalpies at the inlet and outlet of one borehole: 

QBHE = ṁf (hout − hin) (26) 

QBHE was calculated for one BHE. In the case of multiple boreholes, the 
value of QBHE is multiplied by the number of boreholes, given that the 
refrigerant flow is distributed in parallel for each borehole and there is 
no mutual effect among them. The percentage deviation between the 
predicted result and the experimental data was evaluated as: 

Error =
⃒
⃒QBHE,exp − QBHE,num

⃒
⃒

QBHE,exp
× 100 (27) 

Fig. 5 shows the validation of the BHE model, where the evaporator 
capacity calculated by the model (num) is compared to the experimental 
measurement by Badache et al. [38] (exp). The comparison highlights 
the good agreement between experimental and simulated results, 
demonstrating the model’s reliability in predicting CO2 evaporation 
inside the BHE with an average error on the evaporating capacity equal 
to 4.1 %.

3.2. Modelling of the heat pump components

The models of the main heat pump components have been developed 
using MATLAB®. Each of these models is combined to interact in a 
principal model to evaluate the operation of the heat pump fluxes in all 
environmental conditions. The model can simulate both steady-state 
and dynamic conditions. Table 2 summarizes the modelling strategy 
employed for each component.

The results of the models of these components have been validated 
against experimental data in previous studies: the finned coil evaporator 
in [39], the gas cooler in [40], the low-pressure receiver in [41], and the 
internal heat exchanger in [33]. For the SA-mode, the direct expansion 
PV-T evaporator model operating with CO2 has already been presented 
and validated in [14].

The modelling of the solar-air dual-source heat pump was previously 
described and developed in [33]. In the current study, the model of the 
heat pump has been updated by integrating a newly developed model of 
a direct expansion borehole heat exchanger working as an evaporator. 

Table 1 
Borehole characteristics from Badache et al. [38] for the BHE evaporator model validation.

Borehole components Variables Units Value Borehole layout

Length of the tube L m 30
Borehole radius rb mm 39
Tube external diameter de mm 7.2
Tube internal diameter di mm 5.6
Distance between the two axes of the two tubes 2D mm 23
Grout thermal conductivity λgrout W/(m K) 0.8
Pipe thermal conductivity λpipe W/(m K) 400
Soil thermal conductivity λsoil W/(m K) 2.65
Density times specific heat capacity of the grout ρgcg MJ/(kg K) 2.25
Distance from the borehole wall to the undisturbed soil Ds m 5

Fig. 5. Comparison of the BHE evaporating capacity calculated by the nu
merical model (num) against experimental data by Badache et al. [38] (exp) for 
various numbers of boreholes. According to [38] the input values for the mass 
flow rate and the evaporating temperature are equal to 6.61 g/s and − 2.55 ◦C, 
8.02 g/s and –1.66 ◦C, 10.6 g/s and − 0.62 ◦C respectively for 2, 3, and 
4 boreholes.

Table 2 
Details of the modeling of the main components of the heat pump system.

Component Modelling

Compressor Modelled using three polynomial equations reported with 
their coefficients in the Appendix, according to [20].

Gas cooler

Modelled using a distributed parameter approach with a 
finite discretization of the volume, where the continuity, 
momentum, and energy equations are solved.

Internal heat 
exchanger

Finned coil 
evaporator

PV-T evaporator

Low-pressure 
receiver

Modelled using mass and energy balances to find the 
evaporating temperature.
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This updated configuration allows the refrigerant to be sent directly to 
the boreholes.

3.3. Numerical procedure

Building upon the SA-mode model developed in [33], the BHE sub- 
model has been integrated into the overall heat pump model. This 
integration allows the entire heat pump model to exploit either the solar- 
air or the ground-air sources simultaneously. Fig. 6 summarizes the 
overall algorithm of the heat pump model, illustrating its capability to 
operate in either SA-mode or GA-mode. The model inputs refer to 
ambient conditions (such as Tair, GTI, Tsoil and air velocity) and the 
operative conditions of the heat pump (including compressor speed, 
high-pressure, fan speed, circulation pump speed, and water tempera
ture at the gas cooler). The iterative procedure is as follows: 

1. Begin the simulation by setting the initial guess for the evaporating 
temperature (Tevap) and the superheating level at the compressor 
suction.

2. Implementing the compressor model to determine the refrigerant 
flow rate, condensation pressure, and isentropic compressor effi
ciency, which estimates the enthalpy at the compressor outlet.

3. Apply the gas cooler model to calculate the heating capacity and the 
outlet temperature of the fluid.

4. The internal heat exchanger model determines the refrigerant tem
peratures at the outlet of the high-pressure and low-pressure sides.

5. Repeating steps 2 through 4. until the difference between the 
calculated and assumed low-pressure outlet temperature is within 
0.01 K.

6. For the first evaporation process, the finned coil heat exchanger 
model is used to calculate evaporating capacity, the refrigerant vapor 
quality and the enthalpy at the outlet of the finned coil, the latter 
corresponds to the enthalpy at the inlet of the low-pressure receiver.

7. For the second evaporation process, the model allows the selection of 
the appropriate evaporator to calculate the evaporating capacity, 
refrigerant vapor quality, and enthalpy at the evaporator outlet. The 
selection depends on the operational mode: in GA-mode, the BHE 
model is employed, and in SA-mode, the PV-T model is utilized. This 
selection ensures that the appropriate calculations are performed 
based on the active heat source configuration.

8. The evaporating temperature (Tevap) is calculated by solving the 
energy and mass balance equations in the low-pressure receiver.

9. This procedure is repeated from step (2) to step (8). When the Tevap 
reaches a convergence value lower than 0.01 K, the procedure stops 
and then COP is calculated:

COP =
QGC

Ptot
(28) 

where QGC is calculated with water side temperatures and mass flow rate 
at the gas cooler and Ptot is the total electric consumption.

After the iterative procedure, the COP of the HP, operating in steady- 
state conditions, is evaluated. The model can also evaluate the dynamic 
operation of the heat pump when the environmental conditions change 
at each time step.

3.4. Dynamic validation of the results in SA-mode

The SA-mode analyzed in this work corresponds to the real SA-DSHP 
prototype installed at the Department of Industrial Engineering of the 
University of Padova. It is a direct-expansion CO2 heat pump that pro
duces a maximum heating capacity of 5 kW in transcritical conditions. 
Fig. 7 shows the layout of the SA-DSHP prototype, including the mea
surement sensors installed. The main components of the system are the 
compressor (COMP), the gas cooler (GC) the internal heat exchanger 
(IHE), and the electronic expansion valve (EEV, which acts as a 

backpressure valve that controls the high-pressure level by varying its 
aperture), one finned coil heat exchanger (FCHE), a low-pressure 
receiver (REC) and three PV-T collectors working as evaporators. The 
main characteristics of these components are reported in Table 3. The 
SA-DSHP can simultaneously exploit two thermal sources in direct 

Fig. 6. Flowchart of the multisource heat pump model.
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expansion: the air source, using the finned coil as the evaporator, and 
the solar source, using the three PV-T collectors as the evaporator. In 
fact, after the EEV, the refrigerant is directed to the finned coil heat 
exchanger, where it undergoes the first evaporation process. Subse
quently, the refrigerant reaches the low-pressure receiver where the 
liquid CO2 is extracted from the bottom by the pump and circulated into 
the PV-T collectors in flooded mode for the second evaporation process. 
Notably, the finned coil, the PV-T collectors, and the low-pressure 
receiver operate at the same pressure level. For more details regarding 
the description of the experimental apparatus refer to Conte et al. [33].

The SA-mode and GA-mode share all components except for their 
respective evaporators for the renewable source. For the SA-mode, the 
numerical model in simultaneous mode has been validated under 
steady-state conditions in [33] for a SA-DSHP. This section presents 
some experiments conducted on the SA-DSHP prototype to validate the 
results of the model during dynamic conditions. As shown in Fig. 7, the 
refrigerant temperature and pressure conditions along the heat pump 
circuit were monitored using T-type thermocouples (position denoted as 
T in Fig. 7) with an uncertainty of ± 0.1 K and pressure transducers 
(position denoted as P in in Fig. 7) with an uncertainty of ±5 kPa. On the 
water side, the inlet and outlet temperatures at the gas cooler were 
measured using two RTD Pt-100 sensors with an uncertainty of 1/10 
DIN, while the water mass flow rate was determined using a Coriolis 
effect flow meter (denoted as CFM in Fig. 7) with an accuracy of ±0.1 % 
of the reading. Environmental conditions were recorded using an RTD 
Pt-100 to measure air temperature, and three pyranometers to capture 
the different components of solar radiation. Two Kipp & Zonen CM11 
pyranometers and one Zonen CMP22 equipped with a shading ring were 

utilized for this purpose. The evaporating temperature was calculated 
from the pressure measurement at the evaporator inlet. Data acquisition 
was collected over two hours with a sampling interval of 10 s. The 
operation conditions of this test were: compressor speed at 50 %, CO2 
circulation pump speed at 40 %, fan speed at 50 %, high pressure 
maintained at 80 bar, and water temperatures in the gas cooler from 
30 ◦C to 35 ◦C. During this test, the SA-DSHP was working with the air 
source and the solar source simultaneously.

Fig. 8 shows the dynamic evolution of the global tilted irradiance 
(GTI), air temperature (Tair) and evaporating temperature (Tevap,exp) 
measured during a partly cloudy day and also the evaporating temper
ature (Tevap,num) calculated with the dynamic model. In the first hour 
(from 10:30 to 11:25), GTI varies significantly in a range from 400 to 
800 W/m2 and then, following an abrupt decrease, it remains under 400 
W/m2 for the remaining testing period. The air temperature increases 
from 8 ◦C to 10 ◦C, during the first hour, and then it remains constant. It 
can be noticed that, in this case, the evaporating temperature is mainly 
influenced by solar irradiance, but its variation is damped by the ther
mal inertia of the PV-T collectors and the finned coil evaporator. 
Overall, the model can predict the response of the heat pump in 
simultaneous mode with good accuracy, following the experimental 
trend. The evaporating temperature is slightly underestimated with an 
average error of 0.3 K and a maximum difference equal to 0.5 K. These 
results demonstrate the model’s capability to accurately predict exper
imental outcomes.

4. Design of the multisource heat pump

To design the BHE evaporator for the GA-mode, the north Italy 
climate condition was selected, with Padova as the reference location, 
corresponding to an average monthly solar irradiance on the horizontal 
plane equal to 300 W/m2 [42], an annual average soil temperature of 
13 ◦C [43], and the average air temperature is considered to be 7 ◦C. The 
fixed operating conditions for SA-mode and GA-mode are maximum 
compressor speed, fan speed equal to 50 %, high-pressure equal to 85 
bar, and water temperatures at the gas cooler from 30 ◦C to 40 ◦C. The 
PV-T characteristics of the SA-mode are those reported in Table 3. The 
photovoltaic (PV) modules utilize multicrystalline silicon cells, each 
with a nominal power output of 270 W and a total surface area of 1.64 
m2 (dimensions1650 × 992 mm). The plate-and-tube heat exchanger is 
composed of 15 copper tubes arranged in a serpentine configuration, 
with an outer diameter of 8 mm, a wall thickness of 1 mm, and a spacing 
of 80 mm, all bonded to an aluminum absorber plate that is 0.5 mm 
thick. This aluminum plate covers 75 % of the available space on the 
back of the PV module and is secured using thermal adhesive. The PV-T 
collectors are mounted at a 45◦ tilt angle. The BHE characteristics of the 
GA-mode are listed in Table 1, with only the length of the BHE as the 
independent variable. To reduce the costs associated with drilling and 
installation (accounting also that it is a dual-source heat pump), the 
design accounted for only one borehole. The outcomes of the design 

Fig. 7. Layout of the SA-DSHP system. The picture shows the temperature (T), 
pressure (P), and flow rate (CFM) sensors. COMP is the compressor, GC is the 
gas-cooler, IHE is the internal heat exchanger, EEV is the electronic expansion 
valve, FCHE is the finned coil heat exchanger, REC is the receiver, PV-T is the 
photovoltaic and thermal evaporators, VB is the ball valve.

Table 3 
Characteristics of the main components of the heat pump system.

Component Type Characteristics

Compressor Rotary, inverter-driven Displacement: 3.02 cm3/rev
Gas cooler Brazed plate Plate size: 379 × 79 mm2 

N◦ of plates: 28
Internal heat exchanger Brazed plate Plate size: 377 × 120 mm2 

N◦ of plates: 4
Throttling valve Electronic High-pressure control
Low-pressure receiver Cylindrical tank Tank size: 20 L
Liquid circulation pump Gear pump, variable-speed Displacement: 0.81 mL/rev
Air evaporator Finned coil with inverter-driven fan Tube internal diameter: 9.5 mm
PV-T evaporator Multicrystalline silicon PV Nominal power: 270 W
​ ​ Panel size: 1650 × 992 mm2

​ Collector Tube internal diameter: 6 mm
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procedure indicated that a borehole depth of 35 m results in the same 
evaporating and heating capacity as compared to the SA-mode. Both 
configurations share an identical air evaporator, which consists of a 
finned coil heat exchanger comprising four copper tube circuits (10.12 
mm outer diameter, 0.35 mm wall thickness) arranged in four rows and 
22 columns, with a row spacing of 21.65 mm and a tube spacing of 25 
mm. The aluminum fins have 0.12 mm thickness and 3.2 mm spacing.

The main results of the air-mode (working only with FCHE as 
evaporator), the GA-mode and the SA-mode performance during the 
design condition are summarized in Table 4. Under these design con
ditions, the higher evaporating capacity is ensured when the PV-T or the 
BHE evaporators act as additional thermal sources working simulta
neously with the air-source evaporator. The PV-T and BHE evaporators 
have nominal evaporating capacities that are respectively 53 % and 56 
% lower compared to the finned coil evaporator. They are designed with 
smaller heat transfer areas than the FCHE to explore potential in
stallations in spaces with limited ground or roof availability and to 
reduce installation costs.

5. Simulations results

This section employs the numerical methods described and validated 
in Sec. 3 to compare the steady-state performance of the multisource 
heat pump operating in two configurations: SA-mode and GA-mode, 
with evaporators working simultaneously. In both configurations, the 
heat pump has been designed to ensure that the BHE evaporator pro
duces the same evaporating capacity as the PV-T evaporator under 
specific operating conditions. The analysis then focuses on the effects of 
various parameters on the performance of the multisource heat pimp in 
each mode of operation, including temperature demand, environmental 
conditions, number of PV-T panels and number of boreholes. These 
factors are examined to provide a comprehensive understanding of the 
system’s performance under different scenarios.

In this section, the COP is defined as a performance indicator based 
on the heating capacity divided by the total electricity consumption of 
the heat pump system, including the compressor, the finned coil evap
orator fan, and the PV-T and BHE evaporator pump, while excluding the 

electricity generated by the PV cells.

5.1. Effect of environmental conditions

The developed model enables a comparison of the multisource heat 
pump working in SA-mode and GA-mode for various heating applica
tions providing insights into the performance under different environ
mental conditions. In particular, the performance of both configuration 
modes is affected by the air temperature (Tair) because the finned coil 
evaporator is used simultaneously with the renewable source evapo
rator. It must be noted that the finned coil evaporator model was vali
dated against experimental data from the climatic conditions of the 
location where the SA-DSHP prototype is installed (see Sec. 3.4), which 
includes only air temperatures above 2 ◦C. Therefore, this study is 
limited to air temperatures above 0 ◦C. Furthermore, the performance of 
the SA-mode also depends on solar irradiance (GTI), while that of the 
GA-mode depends on soil temperature (Tsoil). To study the impact of 
environmental conditions on the two configurations, this section pre
sents the simulation results obtained when varying Tair (between 0 ◦C 
and 16 ◦C), Tsoil (between 5 ◦C and 15 ◦C) and GTI (between 100 W/m2 

and 1100 W/m2), while maintaining fixed the compressor speed at 
maximum, fan speed set at 50 %, the high-pressure at 85 bar, and the 
water temperatures at the gas cooler (inlet temperature equal to 30 ◦C, 
outlet temperature equal to 40 ◦C). The circulation pump’s speed for the 
liquid CO2 was not fixed but allowed to vary. This flexibility ensured 
that, in any condition, the solar or geothermal evaporator received a 
refrigerant mass flow rate equal to half of the mass flow rate processed 
by the compressor.

Fig. 9 shows the simulated map of the COP obtained for the SA-mode 
(Fig. 9a), as a function of air temperature and global solar irradiance on 
the tilted plane (GTI), and for the GA-mode (Fig. 9b), as a function of air 
temperature (Tair) and soil temperature (Tsoil). The iso-COP map of the 
SA-mode (Fig. 9a) demonstrates that, as Tair increases from 0 ◦C to 16 ◦C 
and GTI rises from 100 W/m2 to 1100 W/m2, the COP exhibits an up
ward trend from 2.6 to 3.6. However, the slope of this trend differs, with 
an approximate COP increase of 4.8 % for every 1 K rise in Tair and an 
approximate increase of 2.8 % for every 100 W/m2 rise in GTI. The in
crease in GTI exerts a lower influence on the COP than the effect of Tair 
since the PV-T evaporator’s nominal evaporating capacity in design 
condition (Tair equal to 7 ◦C and GTI equal to 300 W/m2) is 53 % lower 
compared to that of the finned coil evaporator. Similarly, the iso-COP 
map for the GA-mode (Fig. 9b) indicates that the COP exhibits an in
crease from 2.6 to 3.4, primarily due to the rise of Tair from 0 ◦C to 16 ◦C, 
rather than the increase of Tsoil from 5 ◦C to 15 ◦C. This is evidenced by a 
rate of approximately 4.3 % for every 1 K of Tair increase and approxi
mately 0.9 % for every 1 K of Tsoil increase. The diminished impact of Tsoil 

Fig. 8. Dynamic evolution of the experimental (exp) and numerical (num) evaporating temperatures during a partly cloudy day for the SA-DSHP. Experimental 
values of air temperature and solar irradiance are reported.

Table 4 
Main results of the design of the heat pump in SA-mode and GA-mode.

Heat pump Tevap QFCHE QBHE/PVT Qevap QGC COP

[◦C] [W] [W] [W] [W] [-]

Air-mode − 7.3 3160 − 3160 5067 2.78
SA-mode − 4.5 2358 1086 3444 4661 2.95
GA-mode − 4.6 2436 1063 3499 4746 2.98
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on the COP relative to Tair can be attributed to the 56 % lower evapo
rating capacity at the design condition (Tair equal to 7 ◦C and Tsoil equal 
to 13 ◦C) of the BHE compared to the finned coil evaporator. To sum
marize, the impact of solar irradiance and soil temperature on the COP is 
less pronounced compared to that of air temperature because the 
number of PV-T panels and the heat transfer area of the BHE were 
dimensioned to complement and increase the air evaporator’s perfor
mance rather than to serve as a complete substitute for it.

The evaporation temperature strongly influences the performance of 
the heat pump. Fig. 10 shows the corresponding map of the evaporating 
temperature Tevap for the SA-mode (Fig. 10a), as a function of Tair and 
GTI, and for the GA-mode (Fig. 10b), as a function of Tair and Tsoil. 
Similar to the COP trend shown in Fig. 9a, the evaporating temperature 
of the SA-mode (Fig. 10a) increases with both Tair and GTI. In particular, 
Tevap rises by about 0.79 K for every Tair increment of 1 K and by about 
0.46 K for every GTI increment equal to 100 W/m2. Similarly, the map 
for the GA-mode (Fig. 10b) indicates that Tevap increases almost linearly 
with Tair and Tsoil, with a higher effect of Tair. In fact, the evaporating 
temperature rises on average by 0.70 K for an increment equal to 1 K in 
Tair and by 0.14 K for an increment of 1 K in Tsoil.

For each operation mode with two evaporators simultaneously, it is 
crucial to understand the contribution of each evaporator to the overall 

evaporation process. Fig. 11 reports the heat flow rate in each evapo
rator of the multisource heat pump for both SA-mode (Fig. 11a) and GA- 
mode (Fig. 11b). The simulations have been performed for different air 
temperatures (0 ◦C, 4 ◦C, 8 ◦C, 12 ◦C, and 16 ◦C), considering a GTI range 
from 100 to 1100 W/m2 (Fig. 11a) and soil temperatures ranging from 5 
to 15 ◦C (Fig. 11b). Focusing on the SA-mode (Fig. 11a), the total 
evaporating capacity, which is the sum of the QPVT and QFCHE, increases 
with both GTI and Tair. However, the contributions of the two evapo
rators exhibit opposite trends as GTI rises: the contribution of the PV-T 
evaporator increases while the evaporating capacity at the FCHE de
creases. This is because when increasing the GTI, the evaporating 
pressure and temperature increase and this reduces the temperature 
difference with the air, resulting in a decreasing trend for the evapo
rating capacity at the FCHE. Instead, when Tair rises, both evaporators 
experience an increase in their evaporating capacity. Specifically, when 
GTI increases from 100 to 1100 W/m2, the contribution of PV-T evap
orators to the total evaporation process rises from 23 % to 65 % at Tair of 
0 ◦C, corresponding to an increase in evaporating capacity from 640 W 
to 2160 W, and from 20 % to 56 % at Tair of 16 ◦C, with evaporating 
capacity increasing from 800 W to 2370 W. Considering the GA-mode 
(Fig. 11b), the total evaporating capacity increases with both Tsoil and 
Tair. As seen for the SA-mode, the contributions of the two evaporators 

Fig. 9. Maps of the iso-COP as a function of (a) air temperature and solar irradiance for the SA-mode and (b) air temperature and soil temperature for the GA-mode.

Fig. 10. Maps of the evaporating temperature as a function of (a) air temperature and solar irradiance for the SA-mode and (b) air temperature and soil temperature 
for the GA-mode.
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exhibit opposite trends as Tsoil rises, regardless of Tair. Specifically, when 
Tsoil increases from 5 ◦C to 15 ◦C, the geothermal evaporator’s contri
bution to the total evaporation process rises from 32 % to 47 % at Tair of 
0 ◦C, corresponding to an increase in evaporating capacity from 915 W 
to 1435 W, and from 6 % to 19 % at Tair of 16 ◦C, with capacity 
increasing from 240 W to 760 W. Due to its smaller heat transfer area, 
the contribution of the geothermal evaporator is always smaller than 
that of the finned coil. However, at high Tsoil (15 ◦C) and low Tair (0 ◦C), 
the contributions of the two evaporators become comparable.

As expected, the results indicate that in a multisource heat pump 
operating in simultaneous mode, the contribution of PV-T collectors (for 
SA-mode) and BHEs (for GA-mode) to the evaporation process is more 
significant at low air temperature. Conversely, while their contribution 
decreases at high air temperatures, it remains beneficial to system per
formance even with a small collector area or a shallow borehole heat 
exchanger.

Fig. 12 shows the heating capacity provided by the heat pump for 
different air temperatures (0 ◦C, 4 ◦C, 8 ◦C, 12 ◦C, and 16 ◦C), as a 
function of GTI ranging from 100 to 1100 W/m2 in SA-mode (Fig. 12a), 
and soil temperatures ranging from 5 to 15 ◦C in GA-mode (Fig. 12b). 
Focusing on the SA-mode (Fig. 12a), the heating capacity increases with 

both GTI and Tair. Generally, when GTI increases from 100 to 1100 W/ 
m2, QGC rises by about 15 % at Tair of 0 ◦C, and by about 3 % at Tair of 
16 ◦C. Therefore, GTI has a higher effect when the air temperature is 
lower. Conversely, Tair has a higher effect at low values of GTI. In fact, 
when Tair increases from 0 to 16 ◦C, QGC rises by about 30 % at GTI of 
100 W/m2, and by 17 % at GTI of 1100 W/m2. Considering the GA-mode 
(Fig. 12b), the heating capacity increases with both Tsoil and Tair, but 
with different contributions. When Tsoil increases from 5 to 15 ◦C, QGC 
rises by 4 % at Tair of 0 ◦C, and by 1.5 % at Tair of 16 ◦C. On the other 
hand, when Tair increases from 0 to 16 ◦C, QGC rises by 25 % at Tsoil of 
5 ◦C, and by 22 % at Tsoil of 15 ◦C.

5.2. Effect of water temperature demand in heating applications

This section aims to evaluate the performance of the multisource 
heat pump under different characteristics of the water heat demand at 
the gas cooler. With the other operating conditions maintained constant, 
simulations were performed for two different water temperature de
mands specific to different heating applications: 

Fig. 11. a) Evaporating capacity Qevap in the PV-T and finned coil (FCHE) evaporators of the SA-mode at varying solar irradiance GTI. b) Evaporating capacity Qevap 
in the BHE and FCHE evaporators of the GA-mode at varying soil temperature Tsoil. The results are reported for different air temperatures.

Fig. 12. Heating capacity QGC during a) SA-mode at varying solar irradiance GTI, and b) GA-mode at varying soil temperature Tsoil. The results are reported for 
different air temperatures.
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1) Space heating (SH) with water supply temperature from 30 ◦C to 
40 ◦C.

2) Domestic hot water (DHW) with water supply temperature from 
20 ◦C and 50 ◦C.

To compare the performance of the multisource heat pump in SA- 
mode and GA-mode for the mentioned applications with that of the 
air-mode (heat pump operating with only the air-source), the following 
operating conditions are fixed: maximum compressor speed, fan speed 
set at 50 %, high-pressure maintained at 85 bar, the refrigerant mass 

flow rate inside the solar or geothermal evaporators equal to half of the 
mass flow rate processed by the compressor, and air temperature equal 
to 4 ◦C.

Fig. 13 illustrates the COP, heating capacity and evaporating tem
perature of the system for the mentioned applications (SH and DHW), 
considering two opposite environmental scenarios: 1) low contributions 
of the solar and ground heat sources, corresponding to Tsoil = 7 ◦C and 
GTI = 300 W/m2 (Fig. 13a-c-e), 2) high contributions of the solar and 
ground heat sources, corresponding to Tsoil = 15 ◦C and GTI = 1100 W/ 
m2 (Fig. 13b-d-f).
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Fig. 13. Comparison between air-mode, SA-mode, and GA-mode for space heating (SH) and domestic hot water (DHW) application, in terms of COP (a,b), heating 
capacity (c,d), and evaporating temperature (e,f), with various values of GTI and Tsoil, while Tair is fixed at 4 ◦C. The absolute increase in Tevap and the percentage 
increase in COP and QGC are reported with respect to the air-mode.
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When the contribution of solar and ground sources is low (Fig. 13a), 
the performances of the SA-mode and the GA-mode are similar, with the 
COP equal to 2.80 for SH and 2.99 for DHW. Notably, dual-source 
operation outperforms the air-mode for both applications, achieving 
approximately a 7 % increase in COP, showing that even a low contri
bution of solar and ground sources enhances the system performance. 
When increasing the solar irradiance and the soil temperature, the 
contribution of solar and ground sources is higher (Fig. 13b) and the 
COP increases compared to the previous case. In particular, the GA- 
mode achieves COP values of 2.88 for SH and 3.07 for DHW, while 
the SA-mode outperforms GA-mode by about 6 % for SH and 5 % for 
DHW. Notably, the multisource modes always outperform the air-mode 
for both applications, with the GA-mode and SA-mode achieving 10 % 
and 16 % increases in COP, respectively. The results show that, as the 
water temperature difference at the gas cooler increases (which corre
sponds also to lower values of inlet water temperature at the gas-cooler), 
the COP of the system increases. This can be attributed to the increase in 
the heat flow rate at the gas cooler, as shown in Fig. 13b and Fig. 13c. 
Comparing the results of the heat pump during dual-source operation to 
those obtained in air-mode, when passing from lower to higher contri
butions of solar and ground sources, the heat extracted at the gas cooler 
in SA-mode increases from 10 % to about 23.5 % for both applications, 
whereas the increase in GA-mode is lower, from about 10 % to about 15 
%. A similar trend can be observed for the evaporation temperature. 
Fig. 13e shows that, when the contribution of the solar and ground 
sources is low, the evaporation temperature in GA-mode and SA-mode 
increases by about 2.3 K and 2.8 K, respectively, as compared to the 
air-mode. For higher GTI and Tsoil values (Fig. 13f), the increase in 
evaporation temperature rises to 3.3 K to 6.9 K, respectively, showing 
the higher contribution of solar and ground sources.

Table 5 summarizes the main results for different applications (SH 
and DHW) and two cases: a) low contribution of the solar and ground 
sources, and b) high contribution of solar and ground sources. For SA- 
mode the total electricity production of the PV cells, which are cooled 
down by the refrigerant, is around 130 W for case (a) and 900 W for case 
(b), improving the power production up to 8 % compared to PV cells 
without cooling. The power extracted at the gas cooler (QGC) of the 
multisource heat pump in both operating modes is in the range 4.5–5 
kW, with the highest COP equal to 3.22 for DHW production when 
operating in SA-mode. The results of the present model in GA-mode 
align with the experimental findings of Bastani et al. [44].

5.3. Effect of the number of boreholes and PV-T modules

The numerical model of the multisource heat pump is here used to 
investigate the effect of varying the number of BHE (from 1 to 3) in GA- 
mode and PV-T collectors (from 1 to 4) in SA-mode on the COP of the 
system (Fig. 14). Varying the number of PV-T modules or boreholes will 

result in a variation of the evaporation area, significantly affecting the 
entire evaporation process. The details of the single BHE are listed in 
Table 1, while those of a single PV-T collector are reported in Sec. 3.4. 
For comparison, the results of the heat pump operating in air-mode are 
depicted in the column air-mode. The simulations were performed at 
two different values of GTI (300 and 1100 W/m2) and Tsoil (7 and 13 ◦C) 
while maintaining constant the other operating conditions: maximum 
compressor speed, fan speed set at 50 %, high-pressure maintained at 85 
bar, water heated from 30 ◦C to 40 ◦C, the refrigerant mass flow rate 
inside the solar or geothermal evaporators equal to half of the mass flow 
rate processed by the compressor, and air temperature equal to 4 ◦C.

Fig. 14a illustrates the effect of the number of PV-T collectors on the 
COP and heat extracted at the gas cooler (QGC) during SA-mode 
(Fig. 14a) at two different GTI values, while the effect of BHE number 
during GA-mode for two soil temperatures is shown in Fig. 14b. When 
considering the heat pump working only with the air source, the COP of 
the heat pump is equal to 2.62. In GA-mode, an increase in the number of 
BHEs leads to an increase in the COP and QGC, regardless of the soil 
temperature Tsoil. In particular, when passing from 1 to 3 BHEs, the COP 
increases from 2.81 to 3.01 at Tsoil equal to 7 ◦C (7 % increase of COP), 
while the COP rises from 2.86 to 3.17 at Tsoil of 13 ◦C (11 % increase of 
COP). A similar trend can be observed for the heat extracted at the gas 
cooler, when passing from 1 to 3 BHEs, QGC increases from 4460 W to 
4780 W at Tsoil equal to 7 ◦C, and from 4550 W to 5000 W at Tsoil of 13 ◦C.

For the heat pump in SA-mode, when increasing the number of PV-T 
collectors it results in an increase of COP and QGC at both GTI of 300 W/ 
m2 and 1100 W/m2. In particular, when passing from 1 to 4 PV-T col
lectors, the COP increases from 2.69 to 2.85 at GTI equal to 300 W/m2 

(6 % increase of COP), while the COP rises from 2.77 to 3.15 at GTI of 
1100 W/m2 (14 % increase of COP). Similarly, QGC in SA-mode follows 
the same COP trend, when passing from 1 to 4 PV-T collectors, QGC in
creases from 4230 W to 4510 W at GTI equal to 300 W/m2 and rises from 
4370 W to 4940 W at GTI of 1100 W/m2. Overall, the results indicate 
that the effect of increasing the number of PV-T panels or BHEs becomes 
more pronounced with higher GTI or Tsoil.

It is interesting to note that, compared to the case with zero BHE or 
PV-T (air-mode), the COP of the multisource heat pump in both SA-mode 
and GA-mode is higher, even when considering only one PV-T collector 
or BHE. When considering the GA-mode with one BHE and Tsoil between 
7 ◦C to 13 ◦C, an average improvement of 8 % is observed compared to 
Air-mode. When the number of BHE is equal to 3, the COP increases 
from 15 % to 21 % respectively with Tsoil equal to 7 ◦C and 13 ◦C 
compared to air-mode. For the SA-mode with one PV-T collector and GTI 
ranging between 300 W/m2 and 1100 W/m2, an average COP rise of 4 % 
is achieved. In the case of SA-mode, considering the range of GTI from 
300 to 1100 W/m2, an increase from 8 to 22 % is achieved when the 
number of PV-Ts is equal to 4. These findings demonstrate the flexibility 
of the developed multisource heat pump system. Indeed, enhanced 

Table 5 
Results of the comparison between dual-source operation (SA-mode and GA-mode) with the Air-mode, for SH and DHW applications.

Heat source Application Mode Tevap QEVAP Ptot QGC COP

[◦C] [W] [W] [W] [-]

Case a) SH 
(30–40 ◦C)

Air-mode − 9.7 2902 1568 4112 2.62
SA-mode − 6.9 3205 1578 4427 2.80
GA-mode − 7.5 3210 1587 4460 2.81

DHW 
(20–50 ◦C)

Air-mode − 10.8 3184 1564 4335 2.77
SA-mode − 7.9 3551 1577 4722 2.99
GA-mode − 8.4 3538 1585 4726 2.98

Case b) SH 
(30–40 ◦C)

Air-mode − 9.7 2902 1568 4112 2.62
SA-mode − 2.8 3605 1573 4811 3.06
GA-mode − 6.3 3329 1588 4581 2.88

DHW 
(20–50 ◦C)

Air-mode − 10.8 3184 1564 4335 2.77
SA-mode − 4.8 3921 1579 5089 3.22
GA-mode − 7.3 3678 1587 4872 3.07
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performance compared to a standard air-source operation (air-mode) is 
achieved even when utilizing a limited PV-T evaporator area or a single 
shallow borehole heat exchanger.

6. Conclusions

The present work numerically investigated the performance of a 
multisource CO2 heat pump prototype that can operate in two different 
modes to exploit air, solar, and ground as low temperature heat sources. 
In solar-air mode (SA-mode), CO2 evaporates in both the finned coil heat 
exchanger and PV-T collectors. In ground-air mode (GA-mode), evapo
ration occurs in the finned coil and BHE evaporators. In both operating 
modes, the two evaporators are used simultaneously in direct expansion 
mode. The performance of the multisource heat pump was evaluated 
under varying thermal loads and environmental conditions, also in 
comparison with a reference system operating as an air-source heat 
pump (air-mode). The key findings of the study are as follows: 

• A thermal resistance and capacity numerical model of the borehole 
heat exchanger was developed and validated to accurately simulate 
the behavior of the evaporating CO2 within the BHEs during the GA- 
mode operation. For the reference climate of Padova, Northern Italy, 
a shallow 35 m BHE was determined to match the evaporating and 
heating capacity of the SA-mode under similar operating conditions.

• Performance maps highlight the distinct characteristics of the 
multisource heat pump in SA-mode and GA-mode under varying 
environmental conditions. In both systems, the solar or ground 
evaporators operate simultaneously with the air evaporator and 1 K 
of air temperature increase results in a 4.8 % COP rise in SA-mode 
and a 4.3 % COP rise in GA-mode. SA-mode is influenced by solar 
irradiance, where each 100 W/m2 GTI increase improves the COP by 
2.8 %, while GA-mode is affected by soil temperature and 1 K of Tsoil 
increase produce a raise in COP equal to 0.9 %.

• Evaporating temperature (Tevap) trends align with COP behavior, 
with greater sensitivity to Tair than GTI or Tsoil. When increasing GTI 
or Tsoil enhances the contribution of PV-T or BHE; however, with the 
present design conditions, the BHE contribution never dominates for 
the GA-mode, while PV-T contributions in SA-mode may surpass 
those of the finned coil at higher GTI. The evaporating temperature 
of SA-mode increases with both Tair and GTI, rising by 0.79 K per 1 K 
of Tair increase and by 0.46 K per 100 W/m2 of GTI increase. Simi
larly, in GA-mode, Tevap increases almost linearly with Tair and Tsoil, 
with a stronger influence from Tair, where a 1 K rise increases Tsoil by 
0.70 K, while a 1 K of Tsoil rise increases it by 0.14 K.

• The inlet water temperature at the gas cooler significantly influences 
the overall COP of the CO2 multisource heat pump. Two applications 
of space heating (with the inlet water temperature at the gas cooler 
equal to 30 ◦C and exiting at 40 ◦C) and domestic hot water (with the 
inlet water temperature at the gas cooler equal to 20 ◦C and exiting at 
50 ◦C). Whether having a high contribution of GTI or Tsoil, the COP of 
the system is always higher for DHW production than SH. More 
importantly, the COP of the multisource heat pump is always higher 
than that of the air-source heat pump (air-mode). The increase is 
equal to 7 % when the contribution of the solar and ground sources is 
low (GTI = 300 W/m2 and Tsoil = 7 ◦C) and equal to 10 % in GA-mode 
and 16 % in SA-mode when Tsoil is equal to 15 ◦C and GTI is equal to 
1100 W/m2.

• Increasing the number of BHEs or PV-T panels improves the COP 
compared to the air-source heat pump (air-mode) by enhancing the 
evaporation process. For GA-mode, adding one to three BHEs results 
in a 8–21 % COP increase with respect to air-mode within a soil 
temperature range of 7 ◦C to 13 ◦C. For SA-mode, adding one to four 
PV-Ts achieves a 4–22 % COP increase within a GTI range of 
300–1100 W/m2 compared to air-mode operations. The simulta
neous use of the thermal sources allows to consistently outperform 
the air-mode baseline, with performance gains even with minimal 
additions of BHEs or PV-Ts, increasing the utilization of renewable 
energy sources.
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Appendix 

The compressor model is composed of three polynomial equations for the calculation of the refrigerant mass flow rate (ṁr), the compressor power 
consumption (PCOMP) and the specific compressor work (ΔhCOMP ). The equations depend on three variables of three degrees, depending on the 
evaporating temperature (Tevap), the pressure at the gas cooler (pGC) and the compressor speed (VCOMP). The correlations have been developed from 
data collected on the prototype explained in Sec. 3.4 during the steady-state operations in the previous study. The polynomial equations have the 
following form: 

Y = C1⋅VCOMP +C2V2
COMP +C3⋅pGC +C4⋅pGC⋅VCOMP +C5⋅pGC⋅V2

COMP +C6⋅pGC
2 +C7⋅pGC

2⋅VCOMP +C8⋅Tevap+C9⋅Tevap⋅VCOMP +C10⋅Tevap⋅V2
COMP +C11⋅Tevap⋅pGC

+C12⋅Tevap⋅pGC⋅VCOMP +C13⋅Tevap⋅pGC
2 +C14⋅T2

evap +C15⋅T2
evap⋅VCOMP +C16⋅T2

evap⋅pGC +C17 +C18⋅T3
evap +C19⋅pGC

3 +C20⋅V3
COMP 

The 20 experimental coefficients are reported in Table A.

Table A 
Polynomial coefficients of the compressor.

Coefficient ṁr[kg/s] PCOMP [W] ΔhCOMP[J/kg]

C1 2.138E-04 15.875 1399.536
C2 4.008E-06 − 0.00203 − 11.784
C3 6.017E-03 − 155.281 18801.46
C4 5.088E-06 − 0.202 − 7.807
C5 2.489E-08 0.000579 − 0.00559
C6 7.957E-05 2.141 − 215.654
C7 5.058E-08 0.00156 0.047
C8 − 5.733E-03 − 41.538 3622.331
C9 2.860E-05 0.151 − 70.687
C10 − 1.612E-07 − 0.00483 0.338
C11 1.203E-04 0.672 − 46.332
C12 − 4.686E-08 0.00528 0.139
C13 − 6.713E-07 − 0.00501 0.150
C14 3.870E-05 0.754 − 78.484
C15 6.321E-07 − 0.0125 0.986
C16 1.953E-08 − 0.00339 0.162
C17 1.528E-01 3554.001 − 548464
C18 − 5.997E-07 − 0.0137 − 1.310
C19 − 3.514E-07 − 0.00934 0.850
C20 − 1.206E-08 − 0.000065 0.0546

Data availability

Data will be made available on request.
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