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Introduction

'.) Check for updates

A Code for the Preliminary
Design of Cooled Supercritical
CO, Turbines and Application to
the Allam Cycle

This paper documents a thermo-fluid-dynamic mean-line model for the preliminary
design of multistage axial turbines with blade cooling applicable to supercritical CO,
turbines. Given the working fluid and coolant inlet thermodynamic conditions, blade
geometry, number of stages and load criterion, the model computes the stage-by-stage
design along with the cooling requirement and ultimately provides an estimate of turbine
efficiency via a semi-empirical loss model. Different cooling modes are available and can
be selected by the user (stand-alone or combination): convective cooling, film cooling,
and thermal barrier coating. The model is applied to attain the preliminary aero-thermal
design of the 600 MW cooled axial supercritical CO, turbine of the Allam cycle. Results
show that a load coefficient varying from 3 to 1 throughout the machine, and a reaction

degree ranging from 0.1 to 0.5 lead to the maximum total-to-static turbine efficiency of

about 85%. Consequently, as opposed to uncooled CO, turbines, a repeated stage config-
uration is an unsuited design choice for cooled sCO, machines. Moreover, the study
highlights that film cooling is considerably less effective compared to conventional gas
turbines, while increasing the number of stages from 5 to 6 and adopting higher rota-
tional speeds leads to an increased efficiency. [DOI: 10.1115/1.4052146]

principle allows for avoiding any form of emission, both CO, and
pollutants (e.g., NO, and SOy) [7].

Supercritical CO, power cycles have been proposed for low-
carbon electricity generation from different primary energy sour-
ces: concentrated solar [1,2] and nuclear energy [3], as well as
fossil fuels [4], e.g., in place of steam cycles to enhance the effi-
ciency of combined cycle power plants [5], or in oxy-fuel power
plants [6] to ease CO, capture. Among these applications, oxy-
combustion technology recently sparked interest because it has
the potential to achieve near-zero or even negative (in case the
fuel is biomass) fossil CO, emissions with a competitive cost and
while producing dispatchable electricity (and cogenerated heat, if
required). One intrinsic advantage of the oxy-fuel technologies is
related to the semiclosed configuration of the process, which in
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Among the several oxy-combustion cycles proposed in the liter-
ature [8], the Allam cycle is one of the most promising technolo-
gies due to the high theoretical efficiency [9], flexibility [10,11],
and the envisaged economic performance [12]. It is an intercooled
and regenerative semiclosed oxy-combustion power cycle. The
working fluid consists of a gas mixture where CO, is by far the
main component. This is achieved by separating CO, from the
rest of the combustion products and by recirculating it to a large
extent into the combustor to reduce the flame temperature. The
Allam cycle inventors claim that it is possible to achieve a net
electric efficiency of 58.9% with a specific investment of
800-1000 $/kW,; [13]. However, an independent study performed
by the International Energy Agency Greenhouse Gas R&D Pro-
gram (IEA-GHG) reports an expected efficiency of 55.1% and a
specific cost of 1320 €/kW,, [12]. These efficiency and cost val-
ues, even if less appealing compared to those reported by the
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inventors, remain the most promising in the field of oxy-
combustion technology.

The major step in the development of the Allam power cycle
has been the construction of a demonstration plant in La Porte,
Texas (USA) with the involvement of leading original equipment
manufacturers (OEMs) [14]. Notably, Toshiba Corporation in
Yokohama (Japan) is manufacturing the combustor and the sCO,
turbine, while Heatric in Poole (UK) is providing the multiflow
heat exchanger which enables heat transfer among multiple pro-
cess streams, as envisaged for the recuperator of the Allam cycle.
The main technical challenges are associated with the high-
temperature, high-pressure components of the system, i.e., the tur-
bine, the combustor, and the regenerator. The turbine is particu-
larly challenging to design as it must operate at temperatures
exceeding 1350 K with pressure in the order of 30 MPa. To cope
with these challenging operating conditions, the turbine features a
cooling system and a double casing design. Moreover, the
mechanical stress exerted on the blades is significantly higher if
compared to that of a conventional gas turbine, as a result of the
higher density of the working fluid. This leads to the adoption of
blades with a lower aspect ratio (blade height over chord length),
as reported in Moroz et al. [15], Zhang et al. [16], and Wright
et al. [17]. Mechanical problems also arise from the corrosiveness
of the CO,—H,0 mixture used as working fluid. A protective coating
may be needed, as indicated by Sasaki et al. [18] and Wright et al.
[17], thus, further complicating the design of the turbine. The design
of this component is key for the application also from a thermody-
namic point of view. A previous thermodynamic cycle analysis [9]
highlighted that the efficiency and power density of the Allam cycle
are highly sensitive to turbine aero-thermal performance and cooling
requirements. According to the authors, a percentage-point decrease
in the turbine polytropic efficiency or in the effectiveness of the
cooling system leads, respectively, to a loss of 0.325 and 0.025 per-
centage points of the cycle conversion efficiency.

In this context, it is apparent that an accurate estimate of the
turbine size, cooling requirements, and efficiency is of paramount
importance in the preliminary design phase of an Allam cycle
power plant, to obtain confidence in the assessment of cycle per-
formance and costs. Furthermore, in the light of the technical
challenges previously discussed and of the unconventional operat-
ing conditions of the turbine (1350-1550K and 20-40 MPa) [13],
design practices different from those already established for more
conventional gas and steam turbines are required to attain high-
performance component designs [17]. In spite of this, the current
body of literature on the subject of optimal design of sCO, tur-
bines is relatively limited, and there are no defined guidelines for
the preliminary design of cooled sCO, turbines. Most of the works
available in the literature focus on uncooled sCO, machine and
are mainly derived from the study of nuclear or external combus-
tion applications, where the maximum temperatures are limited by
the operation of the reactor or by the heat transfer process. For
instance, Han et al. [19] study the turbine of a 5 MW, reheated
sCO, Bryton cycle test loop with a maximum cycle temperature
of 873.15K; Moroz et al. [15] and Zhang et al. [16] perform the
design of turbines for nuclear power applications operating at inlet
temperatures around 750 K. Even in the studies considering high-
temperature machines, as in the work of Schmitt et al. [20], the
analysis focuses only on the fluid-dynamic losses and do not deal
with the blade cooling requirements in detail.

A second limitation of available works is related to the fact that
the main geometric characteristics of the turbine are generally
selected based on conventional gas turbine design practice or as a
result of a fluid-dynamic optimization (Schmitt et al. [20]). For
instance, Han et al. [19] design a two turbine stages, where the
flow and load coefficients as well as the reaction degree are fixed,
while the solidity and blade profile are determined by a computa-
tional fluid dynamics (CFD) based iterative design methodology.
A similar approach is followed by Zhang et al. [16] in the design
of a single stage sCO, turbine. A sensitivity study on the turbine
performance with respect to the design variables, including the

031012-2 / Vol. 144, MARCH 2022

impact of cooling flows, is presently lacking, thus preventing the
assessment of design guidelines for this kind of machines from
the results of the studies documented in the literature.

The aero-thermal design of a cooled sCO, turbine is inherently
a challenging multidisciplinary problem. The main aim of the
design process is to maximize the turbine efficiency, considering
not only the main flow but also the cooling streams [21], while
ensuring the mechanical integrity of both moving and stationary
parts [15]. Usually, the process is carried out by means of multidis-
ciplinary models, progressively increasing the level of detail of the
analysis: from a conceptual design phase, where first-principle
lumped-parameter models complemented by empirical correlations
are used, to the three-dimensional steady and unsteady CFD and
finite element model analysis in the final design stages. However,
especially when a new turbomachine application is of concern, it is
necessary to perform preliminary evaluation of the thermodynamic
performance of the machine in the early design phases with little
prior knowledge and no previous field experience. The availability
of accurate lumped-parameter aero-thermo-mechanical models for
turbine design and performance assessment is thus essential for pre-
liminary design and instrumental to the next design phases.

Several numerical models have been developed over the years
to this purpose for gas turbines, which also allows for an estimate
of the cooling flow requirements [22-25]. These models are usu-
ally based on the assumption that the working fluid obeys the ideal
gas law. Moreover, they often rely on standard geometrical
parameters for the blades (e.g., blade solidity and aspect ratio) and
stream parameters (e.g., heat transfer coefficient) typical of air-
breathing turbines. As a consequence, these models are reasonably
not applicable in the design process of cooled sCO, turbines,
which operate with dense or supercritical flows characterized by
very different thermo-fluid-dynamic and transport properties com-
pared to ideal gases.

The methodology proposed in this work uses state of the art
Equation of State (EoS) to estimate the thermo-physical properties
and calibrated semi-empirical correlations for the transport prop-
erties (viscosity and thermal conductivity) for CO,-rich mixtures.
As for loss correlations of stages and fluid-blade heat transfer
coefficients, semi-empirical correlations originally derived for
conventional turbines are used. In detail, the Traupel loss model
[26] are used to estimate the losses of each blade row (stators and
rotors) while classic semi-empirical correlations derived for gas
turbines [27,28] are used to estimate the blade-fluid heat transfer
coefficients.

The main aim of the work is therefore to fill this gap by making
the first steps toward the conception of best practices for the opti-
mal preliminary design of cooled sCO, turbines. The focus here is
mainly on the aero-thermal performance of the turbine, while
mechanical aspects are not considered in detail. To this end, the
specific objectives of the work are:

(1) The development of a mean-line aero-thermal turbine
design model accounting for cooling effects.

(2) The systematic application of the model in order to obtain
an efficient preliminary design of the cooled sCO, turbine
for the Allam cycle.

2  Methodology

The technical literature review shows that the computational
models available to perform a preliminary fluid-dynamic design
of cooled axial flow turbines may not be particularly accurate for
turbines operating with supercritical working fluids, like sCO, tur-
bines. The reason thereof is due to the hypothesis that the working
fluid can be well described by the ideal gas law and the parameters
of the models are calibrated based on that assumption and using
data from air-breathing commercial gas turbines. For instance, the
so-called continuous expansion model proposed by El-Masri [23]
and its implementation in a commercial software [29], the method
developed by Chiesa and Macchi [30], and, to a certain extent, the
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Fig. 1 Compressibility factor (z) of pure CO, as a function of
temperature (x-axis) and pressure (curves)

methodology described by Jordal et al. [31] and Torbidoni and
Massardo [25] are based on the ideal gas model. El-Masri [23]
argues that the most critical parameter of the model is the one rep-
resenting the relative heat to work loading on the machine surface,
which highly depends on the stage geometry and its value, without
a detailed design of the stage, has to be guessed. As a conse-
quence, the model [29] is only capable to predict the performance
of commercially available air-breathing gas turbines while chang-
ing the operative conditions. Similarly, in Jordal et al. [31] and
Torbidoni and Massardo [25] a semi-empirical correlation, whose
parameters are calibrated based on existing gas turbine engines, is
used to determine the cooling system performance, and in Chiesa
and Macchi [30] the calibration of the cooling system model has
been performed by using performance specifications of existing
air-breathing gas turbines. Finally, Scaccabarozzi et al. [9] present
a 0D model where all the geometrical, thermodynamic (heat trans-
fer), and fluid-dynamic (performance) information, which depends
on the actual design of the machine, are modeled by three empiri-
cal parameters. Their value is calibrated on the results generated
by the in-house code proposed by Chiesa and Macchi assuming
ideal gas behavior for CO,.

The proposed methodology to perform the design of cooled
CO, turbines combines a blade cooling model together with a
mean-line code for estimating the main geometrical parameters of
the turbine and the fluid-dynamic losses along the expansion pro-
cess. Notably, the two models are solved in sequence. First, a pre-
liminary sizing of the expander blade geometry is performed by
assuming an uncooled expansion. Then, the blade cooling model
uses the output of the mean-line code to evaluate the cooling
losses and the required coolant mass flowrate. The only geometri-
cal parameter that is modified during the blade cooling simulation
is the trailing edge blade span, which is reduced to account for the
lower fluid mass flowrate through the blade cascades with respect
to the uncooled turbine. The adaption of the blade height is lim-
ited to a few percentage points of the value estimated for the
uncooled expansion. The consequent reduction in the blade aspect

ratio (i.e., blade height over chord length) has, thus, negligible
impact on the loss coefficient predicted by the loss model of the
mean-line code in the first step of the methodology.

2.1 Supercritical CO, Non-Ideal Gas Effects. The streams
evolving within sCO, turbines span a range of different thermody-
namic conditions and, in some cases (e.g., coolant inlet and tur-
bine inlet streams), their thermo-physical behavior can be
significantly different from an ideal gas mixture, therefore requir-
ing the adoption of a more accurate EoS, such as the GERG model
[9]. Figure 1 shows the evolution of the compressibility factor of
pure CO, as a function of temperature and pressure and indicates
the conventional operating zone for the sCO, turbine featured in
the Allam cycle. The outlet conditions are relatively close to the
ideal behavior with a compressibility factor (z) only a few per-
centage points (e.g., 1-3%) higher that one. On the other hand,
due to the high inlet pressure, the compressibility factor at the tur-
bine inlet is usually in the range 1.05-1.10, indicating a not negli-
gible discrepancy from the ideal gas behavior (which features
z=1 by definition). However, the stream mostly deviating from
the ideal gas behavior is the coolant stream, which can have a
compressibility factor as low as 0.70, characterized by a signifi-
cant dependence on the temperature (i.e., steep curves in Fig. 1)
compared to the trend of the main stream (horizontal curves in
Fig. 1). As a reference, in a conventional gas turbine, the discrep-
ancy of the compressibility factor from one is always lower than
1.5%.

2.2 Fluid-Dynamic Model. The preliminary design of the
sCO, turbine analyzed in this study has been carried out by using
an in-house mean-line model coded in FORTRAN named ZTURBO
[32,33], where the working fluid can be arbitrarily selected. More
in detail, zTurBo is linked to an external library [34] allowing one
to calculate the calculation of thermodynamic and transport prop-
erties of several fluids and mixtures. The library implements a
variety of thermodynamic models, such as the GERG-2008 [35]
EoS, which is suitable to model the thermodynamic properties of
the CO,-rich mixtures of the Allam cycle, as previously proven in
Scaccabarozzi et al. [9] against experimental data. A summary of
the input/output variables of zZTUrBoO is reported in Table 1.

Initially, the stator outlet conditions of the first stage are com-
puted based on the imposed pressure ratio and reaction degree
assuming isentropic expansion. The calculation procedure contin-
ues with the number of blades according to the Zweifel criterion
[36], as reported in Egs. (1) and (2).

& —-C (pl,i 7ps,0uc) w (1)
Ca -z PiVa,i T PoucVaouc 'm,iVti — "'m,oucVt,ouc
2 2
0 g i~ moue
Np, = round <42> )
Po

where py, is the blade pitch, c, is the axial chord length, and N, is
the number of blades. C, is the Zweifel load coefficient, which is

Table 1 zrurso input/output variables

Input

Output

e Number of stages

e Ratio between the blade height and the mean diameter at the turbine inlet

e Load coefficient of the first stage

e Rotational speed

e Total-to-static pressure ratio of each stage, excluding the last one
e Reaction degree of each stage

e Radial evolution of the stage, i.e., rm,ouc/rm,i=1.0175

e Axial cord length of each blade row

o Outlet geometric angle of each blade row

e Overall power production

o Global total-to-total and total-to-static efficiency

e Specific (to the inlet mass flow rate) power production

e Thermo-physical properties at each blade row outlet

e Velocity triangle of each stage

e Power production of each stage

e Total-to-total and total-to-static efficiency of each stage

e Load and flow coefficient of each stage

o Inlet and outlet blade height and mean diameter of each blade row

Journal of Engineering for Gas Turbines and Power
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fixed at 0.85 in the study and its optimal value can vary for highly
loaded stages or, in general, with stage compressibility effects.
However, in the absence of openly available design guidelines for
cooled turbines, we decided to stick on the value typically refer-
enced in turbomachinery textbooks [37], while the effect of the
solidity on turbine performance will investigate in a future work.
p. and py are, respectively, the total and static pressure, 7, is the
mean diameter radius, p is the density, while v, and v, are the axial
and tangential components of velocity, respectively. Finally, the
subscripts i and ouc indicates the inlet and the outlet conditions in
the case of no cooling flow.

The mean diameter of the first stage is evaluated given the rota-
tional speed, and the definition of the load coefficient, under the
assumption that the Euler work is equal to the isentropic work of
the stage. After this step, the main geometrical parameters of the
first blade cascade are known, and, hence, it is possible to deter-
mine the loss coefficient. To this purpose, the loss model proposed
by Traupel [26] is used. Such an empirical model accounts for pro-
file, secondary, and tip. These loss sources are estimated given the
blade solidity, aspect ratio, incidence and deflection (flow turning)
angles, and Reynolds and Mach numbers. Note that the Traupel’s
loss model is usually applied to predict the efficiency of large size
axial turbines, but its range of applicability (with Mach number in
the range 0.1-2.0, blade row inlet and outlet angles, defined as illus-
trated in Fig. 2, respectively, from —1.05 rad (—60 degree) to 1.05 rad
(60 degree) and from —0.25rad (14 degree) to —0.80rad (45
degree), and trailing edge thickness over pitch ratio between 0.04
and 0.2), makes it suited also for small and medium size turbines.

Once the loss coefficient is known, the actual flow velocity
downstream of the cascade is computed, the thermo-physical fluid
properties are determined, and the blade span is eventually calcu-
lated through the continuity equation. The entire process is itera-
tively repeated until convergence.

The same procedure is adopted for the rotor design and in turn
for all the subsequent stages. Notice that the mean diameter of
each new turbine stage is determined based on the dimensionless
radial evolution parameter defined in Table 1.

2.3 Blade Cooling Model. A blade cooling model has been
implemented in ZTURBO to estimate the coolant requirement for
each blade row and its impact on the efficiency of a turbine stage.
The cooling model is an extension of the one proposed by Horlock
et al. [24] for conventional gas turbines, which enables to consider
three different cooling techniques: convective cooling, film cool-
ing, and thermal barrier coating (TBC). This model was calibrated
based on experimental data available in the open literature for air-
breathing gas turbines. Thus, the validity of the empirical correla-
tions adopted for estimating the heat transfer coefficient of the
bulk flow across a blade cascade (see Eqgs. (A10) and (A11)), and
the film cooling effectiveness (Eq. (A12)) has to be assessed for
supercritical CO, turbines. However, as there are no experimental
data for this kind of application, ad hoc CFD studies are required,
which are out of the scope of the present work and that can also
be affected by uncertainty.

A schematic representation of the model developed in this work
is depicted in Fig. 3. The model requires several input variables,

031012-4 / Vol. 144, MARCH 2022
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Fig. 3 Schematic of the blade cooling model from the blade
channels to the mixing process occurring downstream of the
blades (blade-to-blade plane)

concerning the blade material and coating, i.e., the thermal con-
ductivity of the blade metal (k) and TBC (ktpc), the thickness
of the blade wall (#,,,) and TBC (¢1pc), as well as concerning the
blade geometry, i.e., the ratio between the cooling channel
hydraulic diameter (Dy,) and the camber line length, the fraction
of the coolant used in the film cooling (r¢.), the coolant injection
angle (o;.), and the interference factor of the cooling channels (/y).
The five main assumptions underlying the model are:

e Heat losses, either conducted across the shaft or lost from the
casing to the outside environment, are assumed to be negligi-
ble compared to the gross power output of the turbine. This
assumption is appropriate for large scale (“high flow”) tur-
bines, differently from radial small-scale turbine which are
usually uncooled [38].

e The model computes only the flow required for blade cooling
and not those required for disks and case cooling and sealing.

e The blade wall underneath the TBC has a homogeneous tem-
perature equal to the maximum allowable metal temperature
(Tomax) assumed in the design.

e The direction of the working fluid velocity, as computed by
the uncooled expansion, is not influenced by the injection of
the coolant (i.e., the absolute flow angle downstream of the
stator and the relative flow angle downstream of the rotor,
calculated with respect to the axial direction does not change
due to the injection of the cooling flow and it is estimated by
preliminary calculations assuming an uncooled expansion
process).

e As the assessment of the gas-side convective heat transfer
coefficient is concerned, the blade is divided in three main
sections: the leading-edge region, the pressure side and the
suction side. According to Simon and Piggush [27], the lead-
ing edge region can be approximated as a cylinder and the
pressure and suction side as flat surfaces. Although no previ-
ous work proves the accuracy of the classic blade-fluid heat
transfer correlations to supercritical CO, flows, being non-
dimensional correlations, their possible extension should be
guaranteed within the same range of non-dimensional flow
numbers (Reynolds, Prandtl, specific heat capacity ratio and
Mach). In any case, shall future studies unveil the need of
developing more accurate blade-fluid heat transfer coeffi-
cients (e.g. correlations accounting for the detailed geometry
of the blade profiles and cooling techniques used in supercrit-
ical CO, turbines), these new correlations could be easily
included in the code.

A detailed description of the equations of the model and con-
vergence algorithm is reported in the Appendix.
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3 Case Study

As case study, the developed turbine design methodology has
been applied to design a cooled axial turbine for the Allam cycle
optimized in Scaccabarozzi et al. [9]. The Allam cycle is an inter-
cooled, regenerative, semiclosed oxy-combustion cycle, which
recycles a CO,-rich mixture to moderate the flame temperature.
Its simplified process flow diagram is reported in Fig. 4. The CO,-
rich mixture in RE-1 undergoes intercooled compression above its
critical pressure (7.377 MPa for pure CO,), such that the high den-
sity reached at the exit of the intercooler INT-3 allows reducing
the power consumption of the compression up to the maximum
cycle pressure. After INT-3, the working fluid is split in three
streams:

e RO-1 is mixed with the compressed oxygen stream (OX-1)
made available by an air separation unit (ASU) to make oxi-
dant stream (OD-1).

e RE-12 is the combustion temperature moderator.

e CL-1 is the turbine (TUR) coolant.

All the streams are compressed and preheated in the regenerator
(REG). The oxidant (OD-3) and the temperature moderator (RE-
13) are fed to the combustor (COM) with the fuel (FU-1). The flue
gas (FG-1), mainly a mixture of CO,+H,0, is expanded to gener-
ate power in a cooled turbine (TUR) and then flow through the hot
side of the regenerator (REG) to provide heat to the cold streams.
If needed, part of the low-temperature heat in the regenerator can
be provided by the compression section of the ASU. Finally, the
flue gas is cooled down close to ambient temperature in a con-
denser (CON) and the condensed water, generated from the com-
bustion of the fuel, is separated in a knock-out drum (FLD). Most
of this flow (e.g., 95%), composed of almost pure CO,, is recycled
back to the intercooled compressor, while the remaining part (ST-
1) is purified, if required, and compressed in a CO, compression
and purification unit (CPU) and sent to the storage.

For the case study, the operative conditions and the composi-
tion of the turbine working fluid are reported in Table 2.

The coolant temperature is lower compared to conventional gas
turbine; however, the il value is derived from the optimization of
the thermodynamic cycle and particularly from the heat recovery
process performed within the regenerator (further details about
this optimization of the Allam cycle are in [9]). Such, low temper-
ature may result in thermal stress in the blade wall and ultimately
its value should be derived from a simultaneous optimization of
the thermodynamic cycle and turbine design, while considering
the mechanical stress evaluation. However, such analysis is out-
side of the scope of this work.

Table 3 reports the list of alternative designs of the Allam cycle
turbine that have been analyzed. In the cases from 1 to 7, the
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Table 2 Operative conditions and working fluid composition at
turbine inlet

Parameter Unit of measure Value
Inlet mass flow rate kg/s 1214.38
Total inlet pressure MPa 30.70
Total inlet temperature K 1427.27
Total outlet pressure MPa 3.06
Coolant inlet temperature K 429.63
Maximum blade metal temperature K 1133.15
Maximum turbine outlet temperature® K 998.15
Expected power output MW 626.77
Molar composition

CO, Yool 93.14
H,O ool 5.00
N, Yool 1.12
Ar Yool 0.54
0, Yool 0.20

“Due to the mechanical limitation on the regenerator inlet temperature
[14].

assumed rotational speed is 3600 RPM, and both 5 and 6 total
number of stages have been considered. The selection of the num-
ber of stages resulted from a preliminary exploration of the design
space of the machine, to ensure acceptable blade heights in the
first stator and that the outlet Mach number of the stages were

Table 3 Design options assessed in the study. These differ for
the values assumed for the following design variables: the reac-
tion degree, that is the ratio between the stator and the stage
total-to-static enthalpy drop; the load coefficient, which is the
ratio between the total-to-total enthalpy drop and the rotor inlet
peripheral speed squared; the flow coefficient, that is the ratio
between the absolute axial at the outlet and the rotor inlet
peripheral speed.

Case Rotational speed Reaction Load Flow
no. (RPM) degree coefficient coefficient
1 3600 0.5 2.5 0.6
2 3600 0.5 2.0 0.6
3 3600 0.5 2.5 0.9
4 3600 0.5 2.0 0.9
5 3600 0.1-0.5 2.5 0.6
6 3600 0.5 3.0-1.0 0.6
7 3600 0.1-0.5 3.0-1.0 0.6
8 7200 0.5 3.0-1.0 0.9
9 7200 0.5 3.0-1.0 0.9
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Fig. 5 Summary of the total-to-static overall efficiency (trian-
gles) and the ratio between the coolant and gas inlet mass flow-
rate (circles) of the 5- and 6-stage designs

within the limits for transonic turbines [39]. The stage count
ended up to be higher if compared to an air-breathing gas turbine
with the same pressure ratio (e.g., 4-stage turbine), as a conse-
quence of the higher density of the working fluid at the inlet of the
sCO, turbine. A reduction in the number of stages may be
achieved by increasing the power extraction per stage, e.g., by
adopting a higher peripheral velocity. However, as the rotational
speed is fixed, this would lead to a larger mean diameter with a
consequent decrease of the blade height, which, in turn, causes an
increase of the secondary losses (smaller 4/D,, ratio) and thus a
lower turbine performance. Insufficient blade heights may occur
in the first stage of the machine. To prevent such a situation, a
minimum value for the ratio between the first stage blade height
and mean diameter is assumed, which is equal to 0.05 for the
cases 1-7 and equal to 0.1 for the other ones.

As far as the other design variables are concerned, in the cases
from 1 to 4, the duty coefficients are assumed the same for all the
stages, in analogy with the repeating-stage design approach typi-
cal of gas turbines. The value of the load coefficient and/or the
reaction degree are, instead, varied along the turbine in the cases
from 5 to 9. Notice that in case 8 and 9 a rotational speed of
7200RPM is considered for a 6-stage turbine configuration. The
axial chord length have been fixed at 40 mm, while assuming a
Zweifel coefficient (Eq. (1) of 0.85 according to gas turbines com-
mon design practice [40]. Only in case 9, where the rotational
speed of the machine is 7200 RPM, the axial chord length is
increased to 60 mm and the Zweifel coefficient is reduced to 0.65,
so as to assess the penalty in the turbine performance in the case
the mechanical stresses need to be reduced due to the higher cen-
trifugal forces. Similarly, the mean diameter of the blade rows is

assumed to increase linearly along the expansion process, as in
gas turbines [30]. This increases by 3.5% per stage in the case the
rotational speed is 3600 RPM, while by 7.0% for the 7200 RPM
designs. It follows that the last stages, whose mechanical design is
less challenging as the operating temperature is lower, are charac-
terized by a larger peripheral velocity and thus a higher power
extraction. Furthermore, due to the high volumetric ratio of sCO,
turbines (i.e., ratio between outlet and inlet volumetric flowrate),
the higher mean diameter prevents an excessive increase of the
blade height of the last stages, which could lead to an increase in
profile losses (i.e., high /#/D,, ratios).

According to the OEM realizing the turbine of the Allam cycle
demonstration plant [13], the adoption of film cooling is not
needed given the envisaged inlet turbine conditions if a TBC layer
is applied to the blade surface. Furthermore, preliminary calcula-
tions reported in [39] show that film cooling is less effective in
sCO, turbines if compared to air-breathing turbines, due to the
higher density and thus Reynolds number of the flow, which pro-
mote the mixing of the thin protective film with the main stream.
However, even if less effective, due to the relatively high turbine
inlet temperature of the selected case study, the authors decided to
consider the application of film cooling on the blades of the first
stage. A TBC of 0.2 mm thickness, as in gas turbines, is used on
the first 3 or 4 stages, respectively, when the machine has a total
of 5 or 6 stages. For the last two stages of the turbine, only the
adoption of convective cooling is considered given the lower tem-
perature of the fluid. Actually, it may occur that the flow bulk tem-
perature is lower than the maximum allowed metal temperature,
thus making cooling un-necessary.

Finally, it is assumed that all the turbine designs feature an out-
let diffuser characterized by a semi-opening angle of 0.175rad (10
degree) and a length of 1 m [41]. Thus, once the outlet geometry
of the last stage is known (i.e., mean diameter and blade height)
from the design model, it is possible to compute the cross-
sectional area ratio (outlet/inlet) of the diffuser and then its effi-
ciency according to the experimental data reported in [42]. Only
the axial component of the outlet velocity is recovered, while it is
assumed that the tangential component is completely dissipated
by viscous effects.

For each case, the thermo-fluid-dynamic performance of the
expander is assessed in relation to the reversible power of the
streams entering the turbine, coolant included. For the uncooled
stages, the efficiency corresponds to the conventional total-to-
total enthalpy variation. For a cooled stage, the efficiency is
calculated by dividing its actual power output by the power pro-
duced by a reversible adiabatic device which mixes and expands
the streams up to the stage outlet pressure, according to Eq. (3)
[43].

Whlade

Nadt = ] ’hgsg,i +mcsc,i
mg th,i —h pt.g,m

g + it

Notice that, for the sake of simplicity, in the analysis the composi-
tion of the main stream and coolant is the same, otherwise, the
computation of the outlet gas entropy would be also affected by
the variation of the fluid composition.

4 Results

Figure 5 shows a summary of the overall total-to-static effi-
ciency and the ratio between the coolant and gas inlet mass flow
rates for the analyzed designs. Generally, the coolant requirement

031012-6 / Vol. 144, MARCH 2022

: : 3)
. MgSgi + McSc i
+ it | e —h i
)) c ( te.i (Pt,g.o titg + 1t

is significantly smaller compared to air-breathing gas turbines
because the most critical stages (the first and the second ones)
have a small volumetric flowrate due to the high density of the
working fluid, thus, the metal surface that has to be cooled, com-
prehensive of blades and end-walls, is comparatively reduced is
about 16%, while for the designs of the case study considered it
varies between a minimum of 0.9% for case 4 of the 5-stage
design to a maximum of about 1.4% for case 5 of the 6-stage
design. It has to be pointed out that the significant reduction of
coolant requirement is also related to two other major factors: the
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Fig. 6 6-Stage case 1 design (reaction degree 0.5, load coeffi-
cient 2.5, flow coefficient 0.6): (a) cross-sectional view of the
machine, (b) midspan blade-to-blade profile

gas inlet temperature is significantly lower for the sCO, turbine,
and the cooling flow has lower temperature and higher heat
capacity (cp). Indeed, for the SGT5-4000F, the gas inlet tempera-
ture is 1704 K, the coolant inlet temperature is 679 K and the con-
stant pressure heat capacity is 1.1 kJ/kgK, whereas for the turbine
of the Allam cycle, the same properties are, respectively, 1427 K,
430K and 1.8kJ/kgK. In this case, the reported value for the film
cooling effectiveness is around 9% for both the first stator and
rotor, and this value is significantly lower compared to the one of
the SGT5-4000F, i.e., 20%.

Generally, the mean radius at the turbine inlet is in the range of
0.47-0.54 m and 0.42-0.49 m, respectively, for the 5-stage and 6-
stage turbine; similarly the inlet blade height varies between
47-54mm and 42-49 mm (fixed inlet 4/D,, ratio at 0.05). The
geometry of the turbine first stages is similar to that of a high-
pressure stage of a steam turbine due to the high density of the
working fluid. On the other hand, the mean radius and blade
height at the turbine exit are in the ranges 0.55-0.64m and
112-200mm for the 5-stage configuration and between
0.51-0.60 m and 128-230 mm for the 6-stage cases. The geometri-
cal ratios of the last turbine stage are closer to those of a conven-
tional gas turbine. This peculiar change in geometry is typical of
sCO, turbine, which usually operates with high volumetric ratio.

For instance, in this case, the ratio between the outlet and inlet vol-
umetric flowrate is around 7, which is three times higher than that
of a steam turbine with the same inlet conditions (T,p) and power
output. For instance, Fig. 6 depicts the cross-sectional view and the
midspan blade-to-blade profile of the 6-stage design of case 1.

The consequences of the working fluid nonideal behavior, espe-
cially of the coolant, are shown in Table 4, which compares the
model results of case 1 with the GERG-2008 EoS or considering
the working fluid as an ideal gas mixture. The most significant
change is the increase of the cooling flow requirement of 16.5 kg/s,
corresponding to a relative increase of 42% points. This difference
is mostly related to the estimation of the coolant heat capacity,
which at low temperatures is high due to the proximity to the
critical point. On the other hand, the total power output shows a
lower relative change (i.e., <2% points), since it is mostly
related to the evolution of the main stream, whose behavior is
closer to the ideal one, especially in the second half of the expan-
sion (closer to the outlet conditions). Unlike the power produc-
tion, the efficiencies, both total-to-total and total-to-static, are
affected by the higher estimation of cooling flow, which pro-
duces additional losses. Thus, in case the least accurate ideal gas
model is used, the sCO, turbine performance decreases more
than 2% points (i.e., 3.5%) compared to the estimation with the
GERG-2008 EoS.

From a geometrical point of view using the ideal gas mixture
leads to an underestimation of the mean diameter and blade height
at the turbine inlet since the compressibility factor of the CO, is
around 1.05 at the inlet conditions. The differences in stage size
inlet are limited to —0.94% in inlet turbine diameter —2.33% in
inlet turbine blade height. On the other hand, the differences in
cooling flow requirement are considerable (approximately —42%)
mainly due to the significant increase in actual coolant specific
heat capacity compared to the ideal gas assumption. In other
words, the real-gas behavior of the cooling flows considerably
helps in absorbing the heat transferred across the blade. At the tur-
bine outlet, the blade height is approximately 4% higher for the
ideal gas assumption because of the larger mass flow rates of
cooling flows.

As expected, the increase in the number of stages from 5 to 6
has a positive effect on efficiency. The reason is that each stage
has to extract a lower amount of work. Thus, an increase in the
number of stages for a given reaction degree, load coefficient, and
flow coefficient, implies a lower peripheral speed and a smaller
mean diameter. Consequently, the //D,, ratio becomes higher
eventually leading to a reduction of the secondary and tip losses
especially in the first and second stages. Figure 7 shows the total-
to-total efficiency trend of the various stages for the turbine made
by 5 and 6 stages. Note that a reduction of stage count leads to
higher fluid-dynamic penalties in the first part of the expansion
process. However, due to the lower extraction of work in the hot
section of the 6-stage machine, the working fluid remains warmer,
and a higher amount of cooling flows is eventually required in the
last three stages. The increase of efficiency using a higher number

Table 4 Comparison between the model result of case 1 using two different EoS, the GERG-2008 and the ideal gas mixture

Parameter Unit of measure GERG-2008 Ideal gas mixture Relative difference
Inlet mass flow rate kg/s 1214.4 1214.4

Inlet volumetric flow rate m3/s 12.04 11.22 -6.79%
Outlet volumetric flow rate m¥/s 84.81 85.08 +0.32%
Inlet mean diameter m 0.850 0.842 —0.94%
Outlet mean diameter m 1.029 1.011 -1.75%
Inlet blade height m 0.043 0.042 —2.33%
Outlet blade height m 0.230 0.239 391%
Coolant mass flow rate kg/s 39.17 55.57 +41.86%
Total power output MW 588.0 578.2 -1.67%
Nad total %o 84.65 81.66 -3.53%
Tad.ss total % 81.97 79.19 -3.39%

Journal of Engineering for Gas Turbines and Power

MARCH 2022, Vol. 144 / 031012-7

220z 14dy | uo Jasn ya@ n1 yeayionaig Aq 4pd-zLoLED €0 vyl diB/ze28189/Z1L0LE0/E/PY L APd-alonIe/IeMmodsaulqiniseb/Bio swse uonos|joofelbipswse;/:dpy woy papeojumoq



92%

88%

86%

84%

82%

Nadze

—@— 5-stage
80% —@— 6-stage

78%

3 6 9 12 15 18 21 24 27 30 33
Rotor inlet total pressure (MPa)

Fig. 7 Total-to-total efficiency of case 2 for both 5- and 6-stage
designs and, as a function of the rotor inlet total pressure

of stages ranges between 0.9% and 1.2% points, and it is slightly
lower when the load coefficient is lower (i.e., 2.0 instead of 2.5).

The reduction of the load coefficient, i.e., comparing cases 1
and 2, leads to designs with higher mean diameters and peripheral
speed, but also with lower flow deflection (flow turning). The
reduction of flow deflection is found to positively affect the per-
formance of the stages and the efficiency increase more than
counterbalances the decay induced by the smaller ratio between
the blade height and the mean diameter, which is especially prob-
lematic in the first 1/2 stages. On the other hand, the impact on the
cooling requirement deriving from a reduction of work coefficient
is rather limited, see Fig. 5. The increase of efficiency using a
lower load coefficient is in the range of 0.6—1.2% points, and it is
slightly higher when fewer stages are adopted (i.e., 5 instead of
6).

The increase of flow coefficient, i.e., comparing cases 1 and 3,
leads to blades with reduced span. This in turn would allow the
designer to reduce the blade surface to be cooled and thus the
cooling flow requirement. However, this comes at the expense of
a lower h/Dy, ratio and thus of higher secondary and tip-leakage
losses. The efficiency penalty outweighs the performance
improvement provided by the decreased cooling requirements,

making the choice of high flow coefficient not suited for the opti-
mal design of sCO, turbines, especially for the design of the first
1/2 stages. The efficiency penalization by increasing the flow
coefficient from 0.6 to 0.9 ranges between 1.8% and 2.6% points.
The cases with lower load coefficient, as well as those with fewer
stages, are more penalized in terms of efficiency because the 4/D,,
ratio of the blades increasingly departs from the optimal value of
about 1/3.

Table 5 reports the stage total-to-total efficiency as well as the
overall total-to-total and total-to-static efficiency of the cases 1-4.
It can be seen how the choice of the total number of stages, the
load coefficient and the flow coefficient impact the aero-thermal
performance of the sCO, turbine.

Table 6 compares the //D,, ratio of the rotor blade. The
reported values indicate that, for the case studied, the cooled
stages exhibit significantly higher fluid-dynamic losses because of
the poor geometrical characteristics in addition to the negative
influence of the injection of the coolant. On the other hand, the
last stages, not only have less, or no, cooling losses but also better
geometrical features, which further increase the efficiency.

The turbine cases labeled with 5-7 are instead designed by dis-
carding the assumption of repeated stages. In other words, the
designs are obtained by applying a linear increase of the reaction
degree from 0.1 (first stage) to 0.5 (last stage) and a reduction of
the load coefficient from 3.0 (first stage) to 1.0 (last stage). A
reaction degree of 0.1 at midspan reasonably prevents to reach
negative values at the blade root as the free vortex speed distribu-
tion would cause, while the value of 0.5 is associated with the
maximum fluid-dynamic performance for the stage. Similarly, a
work coefficient of 3.0 enables the designer to increase the work
extraction in the first stage. The rationale behind this design
approach can be summarized as follows: for a cooled turbine, it
might be beneficial to rapidly expand the flow in the first 1/2
stages, such to limit the cooling requirements of the overall
machine and to enable the design of the last, uncooled, stages
with the duty coefficients fixed at their optimal value.

Applying a lower degree of reaction in the design of the first
stages does seem to have a weak, albeit positive, impact on both
efficiency and cooling flow requirement, see cases 1 and 5. This is

Table 5 Comparison between the stage total-to-static and the total total-to-total and total-to-static efficiency for cases from 1 to 4

and for both the 5- and 6-stage designs.

Nad.u case 1 (%)

Nad i €as€ 2 (%)

Nad,u €ASC 3 (%) Nad,u case 4 (%)

Stage no. 5 stages 6 stages 5 stages 6 stages 5 stages 6 stages 5 stages 6 stages
1 74.51 72.70 75.29 73.68 73.93 72.72 75.14 73.82
2 75.52 73.96 75.79 74.18 73.94 72.69 74.07 72.47
3 81.70 80.35 82.30 80.92 80.36 79.02 80.66 79.25
4 85.01 84.52 85.83 85.28 84.32 83.69 84.67 83.94
5 89.16 87.30 90.09 88.24 88.95 86.75 89.45 87.22
6 89.97 90.91 89.83 90.34
Nad. total 84.13 84.65 84.77 85.34 83.29 83.99 83.76 84.36
Nadyss total 81.06 81.97 82.25 83.13 78.94 80.15 79.61 80.71

Table 6 Comparison between the h/D,, ratio of the rotor blade for each stage of cases from 1 to 4 and for both the 5- and 6-stage

designs
h/D,, case 1 h/Dy, case 2 h/D,, case 3 h/Dy, case 4

Stage no. 5 stages 6 stages 5 stages 6 stages 5 stages 6 stages 5 stages 6 stages
1 0.05 0.06 0.04 0.05 0.04 0.05 0.03 0.04
2 0.06 0.08 0.04 0.05 0.04 0.05 0.03 0.04
3 0.08 0.09 0.06 0.06 0.06 0.06 0.04 0.05
4 0.11 0.12 0.08 0.08 0.08 0.08 0.06 0.06

5 0.17 0.15 0.12 0.11 0.12 0.11 0.08 0.08
6 0.21 0.15 0.15 0.10
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Table 7 Comparison between the stage total-to-static and the total total-to-total and total-to-static efficiency for case 1 and for

cases from 5 to 7 and for both the 5- and 6-stage designs

Nad.u case 1 (%) Nad, case 5 (%)

Nad.it €ase 6 (%) Nad.u case 7 (%)

Stage no. 5 stages 6 stages 5 stages 6 stages 5 stages 6 stages 5 stages 6 stages
1 74.51 72.70 73.19 71.05 76.92 75.59 73.55 75.76
2 75.52 73.96 76.99 75.18 77.80 76.34 79.85 78.04
3 81.70 80.35 82.27 80.96 85.16 83.40 86.01 84.06
4 85.01 84.52 85.71 85.10 90.45 88.63 90.89 89.03
5 89.16 87.30 89.47 87.78 93.15 92.14 93.38 92.36
6 89.97 90.19 93.78 93.90
Nad total 84.13 84.65 84.46 84.88 85.13 85.54 84.93 86.11
Tad.gs total 81.06 81.97 81.36 82.18 83.70 84.29 83.51 84.84

because a low degree of reaction leads to steeper temperature
decrease in the first stages of the machine. The overall improve-
ment in the total-to-static efficiency ranges between 0.2% and
0.3% points and it is slightly higher for the 6-stage design.

A substantial positive impact on performance can be obtained
by adopting a nonuniform distribution of the work coefficient and
making the turbine more front-loaded, i.e., with the first 2 stages
having a higher work coefficient than the remaining ones. The
advantages of such solution can be clearly observed by comparing
cases 1 and 6. For case 1, namely, when the work coefficient has
the same value for all the stages (2.5 in case 1), all but the last
stage are cooled for both the 5- and 6-stage turbine configuration,
while, when the work coefficient is progressively reduced
throughout the expansion (from 3.0 to 1.0 in case 6) the second to
last rotor does not need cooling in the 5-stage configuration and
the second to last stage of the 6-stage configuration does not
require any cooling as well. This reasonably suggests that the con-
ventional (for uncooled sCO, turbine) design wisdom of repeating
stage configuration is not suited for the optimal design of cooled
sCO, turbines. In case 6, the efficiency of the first 2 stages
improves due to both the lower mass flowrate of injected coolant
and the higher blade span. On the other hand, the efficiency of the
last stages is increased due to the lower work coefficient. The
improvement in the performance ranges between 2.3% and 2.6%
points.

The benefits of using a combination of nonuniform distribution
of reaction degree and load coefficient among the stages are found
to be marginal, with only the 6-stages design featuring an effi-
ciency improvement of 0.6% points (case 7 versus case 6), as
shown in Table 7.

The results show that the best synchronous cases (i.e., having a
rotational speed fixed by the electric grid frequencys, i.e., a turbine
with a rotational speed of 3600 RPM directly connected to a 60 Hz
generator), for both the 5- and 6-stage design, are those with a
progressive reduction of the work coefficient, i.e., cases 6 and 7.
Figure 8 provides a more in-depth insight into the loss sources of
the various rows for the cases 6 and 7 as compared to the baseline
case 1. It can be noticed that the fluid-dynamic performance of the
last 3 stages for the cases 6 and 7 are higher because of no cooling
requirement and reduced profile losses. The reduction of profile
losses can be mostly attributed to the lower work coefficient
(value of 1) featured by the stages as compared to that of the last
3 stages for the baseline case (value of 2.5). On the other hand,
the fluid-dynamic losses of the first 2 stages of cases 6 and 7 are
higher compared to those of case 1 especially in the rotor blade of
case 7. This is due to the comparatively higher work coefficient of
the front stages of turbines 6 and 7. The peak of losses in the 2
and 4 rows (first and second rotor) is instead determined by the
low degree of reaction of the first two stages. Overall, it is evident
that the cooling requirement of turbines designed at varying work
coefficient is lower and therefore such design approach must be
preferred in the early design phase of cooled sCO, turbines.

Journal of Engineering for Gas Turbines and Power

4.1 Impact of Rotational Speed on Turbine Design and
Performance. The main purpose of using a higher turbine rota-
tional speed is to increase the ratio between the blade span and the
mean diameter of the first blade rows, and therefore the efficiency.
In order to investigate the impact of the rotational speed on cooled
sCO, turbine efficiency, the rotational speed is raised from
3600 RPM to 7200 RPM (cases 8 and 9) and the corresponding A/
D,, value at the turbine inlet can then be doubled, i.e., from 0.05
to 0.10. The distribution of the duty coefficients among the stages
remains instead the same of case 6. The rationale behind this
design approach is that high speed machines can be advantageous
when the volumetric flowrate is small to increase the /4/D,, ratio,
which in a synchronous turbine would be small leading to high
profile and tip losses. As mentioned above, the first stages of
sCO, turbines, due to the high density of the working fluid, have
small volumetric flowrate also for high power output capacity
(order of hundreds of megawatt), thus increasing the rotational
speed as well as the //Dy, ratio can have a positive impact on the
performance. On the other hand, due to the high volumetric ratio
of the machine (ratio between the outlet and inlet volumetric flow-
rate) the higher 4/D,, choice can lead to an unacceptable increase

15% .
O cooling Case 1

© cooling Case 6
@ cooling Case 7

Film cooling + TBC + TBC + convective
convective cooling cooling

12%

o Convective cooling /

uncgoled
9%

6%

Loss coeffieicnt (%)

° ° °
0% L el e ©e®gelc0elooe

u tip
fluid-dynamic A{I secondary

m profile

25%

20%

15%

10%

Loss coeffieicnt (%)

0%

g
0.5
0.5 |
~ 0.1-0.5
0.5
0.5
~ 0.1-0.5 |
0.5
0.5 IE——
~0.1-0.5 | =N
0.5 I
0.5
~0.1-0.5 |
0.5
0.5 I
~0.1-0.5 |
0.5
0.5 |
~ 0.1-0.5 |
0.5 |
0.5 |
~ 0.1-0.5
0.5 |
0.5 |
~0.1-0.5 |
0.5
0.5 |-
~0.1-0.5 |
0.5 |

r

0.5 |-
~ 0.1-0.5 [

Case# |16

5
i
5
.
-
i
-

16
Bla. row # 1 2 -} 4 S 6 7 8 9 10

Fig. 8 Comparison of the loss coefficient of cases 1, 6, and 7
for the 5-stage design. In the top section the cooling system
loss coefficient and in the bottom section the fluid-dynamic
loss coefficient highlighting the contribution of the tip, second-
ary and profile losses.
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Table 8 Comparison between the stage total-to-static and the
total total-to-total and total-to-static efficiency of cases 8 and 9.
The first one with an axial chord length of 40 mm and a Zweifel
coefficient of 0.85, and the second one with an axial chord
length of 60 mm and a Zweifel coefficient of 0.65.

Stage no. Nad.« case 8 (%) Nad.u case 9 (%)
1 79.61 77.13
2 82.54 80.69
3 87.62 86.91
4 90.77 90.49
5 92.80 92.60
6 93.41 93.17
ad. total 89.01 88.05
Had.is total 85.51 84.64

of the blade aspect ratio of the last stages, which can be balanced
by increasing the flow coefficient to 0.9 in order to attain feasible
designs. These modifications, significantly reduce the metal sur-
face that has to be cooled, limiting the cooling flow requirement,
as shown for case 8 in Fig. 5. Case 8 features an axial chord length
of 40 mm and a Zweifel coefficient of 0.85, while case 9 features
an axial chord length of 60 mm and a Zweifel coefficient of 0.65,
such that the total number of blades in the two cases is compara-
ble. Both designs feature six stages. The increase chord length of
case 9 has a negative effect on the coolant requirement, which
results to be comparable with that of the synchronous cases, see
Fig. 5, since the metal area in contact with the high temperature
working fluid increases.

The design obtained by doubling the rotational speed shows
that the mean diameter is essentially halved. Despite the efficiency
levels are comparatively higher than in the previous cases, and
therefore the choice of increasing the rotational speed might seem
attractive, there are various challenges associated with that. On
the other hand, increasing the rotational speed while keeping a
constant ratio between the pitch and the chord length causes a
reduction in the blade number (see Eq. (1) with a constant Zweifel
coefficient, same chord but lower diameter compared to lower
RPM cases). As a consequence, each blade channel elaborates a
larger mass flowrate of working fluid thereby increasing the bend-
ing stress. Furthermore, the centrifugal force more than doubles
due to the blades with higher span and higher rotational speed.
Finally, the smaller shaft diameter envisaged for the high-speed
turbine causes a major drawback: the transmission of the torque
can become problematic, especially for high-power machines,
such as the 600 MW one used in the Allam cycle. Indeed, the
most stressed section of the rotor shaft is the peripheral one and,
since the available space is lower, even if the torque is inversely
proportional to the rotational speed, the transmission of the power
to the generator can be challenging. Although the higher axial
chord length and the suboptimal solidity reduce the fluid-dynamic
performance of the turbine, they may be imposed in order to with-
stand the higher mechanical stress produced by the centrifugal
forces compared to the synchronous cases. The overall penaliza-
tion, as shown in Table 8, is only 0.87% points. Overall, all the
results and the considerations point out that a synchronous
machine assembly is to be preferred for the design of the cooled
sCO, turbine of the Allam cycle.

5 Conclusions

In this article, a novel methodology to assess the preliminary
thermo-fluid-dynamic performance of sCO, turbines and, more
generally, cooled expanders using nonconventional working, fluid
is presented. The model combines a one-dimensional mean-line
code to estimate the preliminary row-by-row geometrical fluid-
dynamic design with an extended cooling system model to deter-
mine the cooling flow requirement for the blades. The
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methodology allows the user to select the cooling technology,
e.g., convective cooling, film cooling, TBC, or any combination
of them, and then computes the amount of cooling flow needed to
maintain the blade metal temperature at a selected temperature.

A remarkable advantage of the code is the limited computa-
tional time, about 45 s for turbines featuring several stages (e.g.,
five to six stages), which would allow integrating it with numeri-
cal optimization algorithms to find the optimal design variables
(rotational speed, number of stages, stage loads, etc.).

The code is applied to preliminary design of the cooled
expander of the Allam power cycle. This expander features super-
critical inlet conditions (around 1475 K and 30 MPa) and a power
output of around 600 MW. The analysis compares several designs
differing for the number of stages, 5 or 6, reaction degree, load
coefficient, and flow coefficient. The results highlight that:

e Increasing the number of stages allows an efficiency
improvement of around 1% point. The performance increase
tends to reduce when the load coefficient is lower (i.e., 2.0
instead of 2.5).

e Applying a lower degree of reaction in the design of the first
stages does seem to have a positive but weak impact on both
efficiency (between 0.2% and 0.3% points) and cooling flow
requirement because a low degree of reaction leads to a
steeper temperature decrease in the first stages of the
machine. A more substantial positive impact on performance
can be obtained by adopting a non-uniform distribution of
the work coefficient and making the turbine more front-
loaded, i.e., with the first two stages having a higher work
coefficient than the remaining ones. This suggests that the
conventional (for uncooled sCO, turbine) design wisdom of
repeating stage configuration is not suited for the optimal
design of cooled sCO, turbines.

e Doubling the rotational speed leads to better fluid-dynamic
performance due to the increase of the ratio between blade
height and mean diameter (influencing the tip and secondary
losses) but several mechanical concerns related to higher
bending and centrifugal stresses, and the complication with
the mechanical coupling (no reduction gearboxes capable of
transmitting such high power are currently commercially
available [44]) with the generator may prevent the applica-
tion to large size turbines.

Hence, a good design of the cooled sCO, turbine for the Allam
cycle should feature an increasing flow coefficient to match the
high increase of the volumetric flowrate of the working fluid, a
decreasing load coefficient to produce a fast reduction of the gas
temperature in the first stages, reducing the coolant requirement,
and a reaction degree close to 0.5 to limit the deflection (flow
turning) angle. As a comparison with a conventional gas turbine,
even if the film cooling effectiveness is appreciably lower (10%
versus 20%), the Allam cycle turbine requires considerably lower
coolant flow for the blades. This is because of the higher fluid den-
sity causing a considerably smaller ratio of cooled surface per unit
of power output (0.15m*MW for a gas turbine, 0.02m*/MW for
sCO; cycle). The lower inlet temperature of gases and cooling
flows (thus the high specific heat capacity of the latter) further
decreases the cooling flow requirement of the specific turbine
design considered in this study.

Future developments of the proposed turbine design model
shall include the experimental validation of the heat transfer cor-
relations both for the coolant and main gas side, since the study
has shown that the coolant injection can significantly affect the
stage thermodynamic performance and verifying that the nondi-
mensional numbers are within the acceptable ranges (i.e.,
Prandtl > 0.7 and Reynolds > 10,000), as in this work, may lead
to inaccurate results. Thus, the implementation of calibrated cor-
relations would significantly improve the accuracy of the model.
A significant future application of the proposed model will feature
its integration within a systematic optimization algorithm and the
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mechanical/structural analysis of the most critical turbine compo-

nents aimed at assessing the stresses on the blades and disks.

Nomenclature
Symbols
A = area
a, = ratio between the gas heat transfer area, including

¢ = chord length
¢p = constant pressure heat capacity
C, = Zweifel load coefficient
Dy = diameter of the leading edge corresponding cylinder
Dy = hydraulic diameter
D,, = mean diameter
E; = enhancement factor of the heat transfer process
within the cooling channels
h = convective heat transfer coefficient
hy = blade height
h, = total enthalpy
Iy = interference factor of the cooling channels
k = thermal conductivity
m = mass flow rate
Ny, = number of blades
Nu = Nusselt number
p = static pressure
pp = blade pitch
Pr = Prandt]l number
p, = total pressure
r = reaction degree
Re = Reynolds number
. = ratio between the film cooling and total coolant
mass flow rates
rm = mean radius
s = entropy
t = thickness
= static temperature
T.» = adiabatic blade wall temperature
Tomax = maximum allowed blade wall temperature
v = absolute velocity magnitude
V' = molecular mass
W = power
x = linear coordinate along the pressure and suction side
corresponding flat surface
Greek Symbols
o = absolute velocity angle
o = relative coolant injection angle
A = property variation
n = overall cooling effectiveness
.4 = adiabatic efficiency
ng. = film cooling effectiveness
¥ = tangential coordinate of the leading edge corre-
sponding cylinder
/ = ratio between the gas heat transfer area, including
the rotor and case surfaces, and the mean cross-
sectional area throughout the gas is flowing
1 = dynamic viscosity
& = ratio between the coolant and main stream mass
flow rates
p = static density
¢ = blade solidity
¢ = flow coefficient
¥, = parameter accounting for the reduction of the gas
cross-sectional area due to the blade thickness
Y = load coefficient
Subscripts
a = axial
bw = blade wall

the rotor and case surfaces, and the blade area

Journal of Engineering for Gas Turbines and Power

¢ = coolant/cooling channel
g = main gas stream
gf = gas property at the film cooling conditions
i = inlet property
0 = outlet property
oc

property at the blade row outlet before the mixing
with the convective cooling coolant stream
ouc = property at the blade row outlet for the uncooled
expansion
= tangential
TBC = thermal barrier coating layer
ts = total-to-static
tt = total-to-total
x = property along the linear coordinate of the pressure
and suction side corresponding flat surface
1 = property along the tangential coordinate of the lead-
ing edge corresponding cylinder
oo = approaching property

Acronyms

CFD = computational fluid dynamics
EoS = equation of state
GS = gas-steam cycles software [22,30]
IEA-GHG = International Energy Agency Greenhouse Gas R&D
Program

OEM = original equipment manufacturer

TBC = thermal barrier coating

TOT = turbine outlet temperature

Appendix

The cooling flow requirement of a blade cascade and the related
efficiency penalty is determined through an iterative computa-
tional procedure which is shown in Fig. 9. The iteration variables
are the overall cooling effectiveness (1) and the ratio between the
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User input simulation
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thermodynamic
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Fig. 9 Block flow diagram of the iterative computational proce-
dure of the cooling system model. The numbers of the compu-
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Coolant mass flow rate ()
Cooling system performance

tational steps refer to the description list in the text.
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Fig. 10 Simplified scheme of the expansion model for a single
blade row. On the left-hand side (a) the uncooled expansion,
and on the right-hand side (b) the cooled case. Each stream is
labeled and in the brackets is reported the subscript of the
thermo-physical properties as used in the equations.

coolant mass flowrate and that of the main stream (&). The compu-
tation procedure is here described for the most general case, in
which convective, film cooling, and TBC all along the blade sur-
face are used. However, the same methodology can be applied to
simpler cooling system configurations where, for instance, TBC
and/or film cooling are not applied. Figure 10 shows the nomen-
clature associated with the flow streams in a blade cascade for the
case of no blade cooling, on the left-hand side, and with cooling,
on the right-hand side. For each stream, the figure also reports
between brackets the corresponding subscript of thermo-physical
properties as used in the equations.
The iterative calculation procedure is as follows:

(1) First, for each turbine stage, the need for blade cooling is
assessed by comparing the inlet recovery temperature [45]
of the main stream with the maximum metal temperature
set by the user. If the recovery temperature is lower, no
cooling is required. Otherwise, an initial value for the
overall cooling effectiveness (1) and the ratio between the
coolant mass flow rate and that of the main stream (&) is
guessed.

(2) Given the inlet temperature of the coolant (T, ;) provided
by the user (which comes from cycle calculations), a first
estimate of the coolant outlet temperature (7.,) is deter-
mined using the definition of the overall cooling effective-
ness in Eq. (Al).

Teo=Tci+ ”I(Tbmax - Tc,i) (A1)

(3) Hence, it is possible to evaluate the average thermody-
namic properties of the coolant and thereby computing the
Reynolds (Re.) and Prandtl (Pr.) numbers within the cool-
ing channels.

(4) Then, the Dittus—Bolter correlation [28], which is able to
correctly describe low temperature CO, streams [46],
reported in Eq. (A2), is used to determine the average
Nusselt (Nu,) number and, with Eq. (A3), the coolant heat
transfer coefficient (4.). The factor E is introduced in Eq.
(A2) to account for the ribs and internal channel geometry
(e.g., impingement) adopted to enhance the heat transfer
coefficient of the cooling flow. In this work it is assumed
that £y =2.5 [27]

Nu, = EgRe’SpPr2* (A2)
ke

he =N A3

c Uc Dne (A3)

(5) Since the external wall temperature of the blade is a fixed
parameter of the model, a new value for the overall cool-
ing effectiveness can be estimated using Eq. (A4)
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n=1—exp{-NTU} =1 —exp (

1 Tow -
AL I
he kbw) e

Y
Tc,o - Tc,i

(A4)

where the coolant mass flow rate (#1.) is computed given
the initial guess for the ratio between the gas and coolant
mass flow rates (£) and Ak, is the total enthalpy rise in
the coolant at the channel outlet (the inlet enthalpy is an
input variable of the model, derived from the cycle simula-
tion, and the outlet enthalpy is computed at point 3). The
product of ni. and Ah,. represents the thermal power
transferred through the blade wall. The heat transfer area
of the cooling channels (A.) is corrected with an interfer-
ence factor (/p) to account for the surface between adjacent
channels, which does not absorb heat from the blade exter-
nal wall, but it is heated only through a heat conduction
process. The interference factor value can be selected by
the user for each blade row and typical vales are in the
range 0.6-0.8, and 0.75 has been selected for the case
study of this work.

(6) The thermodynamic conditions of the expanding gas

resulting from the mixing of the bulk flow with the film
cooling are computed by applying the energy and momen-
tum balance, Egs. (A5) and (A6), respectively

mghl,g,i + rfcn.'lcth,o = (mg + rfcmc)hl,g,oc + chth (AS)

Pg.ouc . .
; + Vg oue | Mg + ’.meCVC,OCOS(O(iC)
Pg,oucVg,ouc

- (pg— + vg,m) (tig + rretite) (A6)

The gas total enthalpy at outlet (/g oc) Tesults from the
mixing of the gas bulk flow (#11,) with the film cooling
stream (rgh1.), as well as the convective heat transfer
across the blade wall (71.Ah, ). The control volume con-
sidered by the energy balance is the blade flow passage
(i.e., region between two adjacent blades in Fig. 3); then,
Eq. (AS5) does not account for the contribution due to the
convective cooling flow.The momentum balance (Eq.
(A6) allows the computation of the outlet velocity after
the mixing process, and the performance penalty related to
blade cooling, quantified by the reduction of the total ther-
modynamic condition considering a fixed static outlet
pressure. The equation is written assuming that a mixing
process occurs at the exit of the blade row, between the
hot gas going through an equivalent uncooled blade cas-
cade (subscript ouc) and the cooling stream. Their mixing
results in the cooled gas stream (subscript oc), for which
the total enthalpy has been determined by means of the
energy balance in Eq. (A5). This approximation allows for
computing the fluid-dynamic losses associated with film
cooling. Since we assume that the gas velocity does not
change direction during the mixing process, the momen-
tum balance accounts only for the terms along the bulk
flow direction. Conversely, the component of the coolant
velocity perpendicular to the direction of the bulk flow is
assumed to be completely dissipated.

(7) The outlet blade span is computed with Eq. (A7) consider-

ing that the outlet conditions differ from the uncooled
case. As a result of the cooling process, the fluid outlet
density is higher and, due to the mixing process, the outlet
mass flow rate is higher, while the absolute velocity mag-
nitude is lower

Mg + Ieehle = an‘Ohb,ng_Occos(oco) (A7)

pg.oc
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(8) The thermodynamic conditions at the cascade outlet are
calculated based on the energy balance, see Eq. (A8), and
the momentum balance of Eq. (A9). With respect to Eq.
(AS), the control volume considered to derive Eq. (A8)
encompasses the whole blade row (no heat transfer term
appears, because the heat transfer surface, i.e., the blade
wall, is not at the boundary, but it is completely within the
control volume). Conversely, the momentum balance, Eq.
(A9), is written according to a control volume encompass-
ing only the blade row gap, where the gas exiting the
blade row (subscript oc) mixes with the convective cool-
ing stream (1 — rg.). The estimated thermodynamic condi-
tions at the cascade outlet represent, then, the input for the
next blade row computation

mgthi + mcht,ci = (mg + mc)ht,g,o (AS)

Pe, . .
—EE Ve Jrig + (1= Fie )JHleVe,0COS (%ic )
pg‘ocvg‘(’c

- <L + vg,o) (rng + (1 = rec)ine) (A9)
PgoVeo0
Once the blade row outlet mass flow rate and velocity are
known, the blade span at the next row inlet is computed
applying the continuity equation and assuming that the
mean diameter does not change (i.e., it is equal to the
value at the outlet of the previous row).

(9) When both the thermodynamic conditions at the inlet and
outlet of a blade cascade are known, the convective heat
transfer coefficient on the gas side can be calculated.
According to the method of Simon and Piggush [27], the
blade profile is divided in two sections. The leading edge
is modeled as a crossflow cylinder, and Eq. (A10) is used
to compute the mean integral value of the heat transfer
coefficient (%) along the tangential coordinate (1)) of the

cylinder
0.5 3
hyD. oD 9
100 qa(Pe¥x0) poaly (—) (A10)
kg Iy £ 90

The pressure and suction sides are, instead, modeled as
flat surfaces, and Eq. (A11) is used to determine the mean
integral value of the heat transfer coefficient (%,) along the
flow direction (x)

e 0.0296Re, *2Pr, /3 (A11)

PeCp.gVoo
Both Egs. (A10) and (Al11) are proposed by Simon and
Piggush [27], and the overall convective heat transfer
coefficient of the blade is obtained by averaging &, and Ay
with weight w, and wy, whose values are, respectively,
0.869 and 0.131 derived using the integration limit pro-
posed in [27] of 1.40rad (80 degree) for the leading edge
equation. The value for the two weights has been derived
for the simplified blade geometry (cylinder and flat surfa-
ces) using the conservative integration boundaries pro-
posed by Simon and Piggush [27].

(10) The inlet and outlet film cooling temperatures are com-
puted accordingly to Goldstein et al. [47]. Then, it is pos-
sible to calculate the gas properties of the film region
(subscript gf) and an equivalent effectiveness for film
cooling (1) according to the semi-empirical correlation
proposed by Goldstein and Haji-Sheikh [48], which reads

1.9Pe
Nge = >
. 2ai0 my, /4
Cpg —0.2 (x\0.8 t 8 AP .
1403292 Re, 2 (%) W, o+ 0-00015Rege Esinc)

(A12)
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where q, is the ratio between the gas heat transfer area,
including the rotor and case surfaces, and the blade area, ¢
is the solidity, and 'V, is a parameter accounting for the
reduction of the gas cross-sectional area due to the blade
thickness.

(11) The value of the film cooling effectiveness calculated
from Eq. (A12) is then used to compute leading- and
trailing-edge adiabatic wall temperature, as from Eq.
(A13). The average value of T,,, is used to calculate a new
value for the ratio between the coolant and the inlet gas
mass flow rates (&) according to the energy balance of the
heat transfer process across the blade, as in Eq. (Al4).
Note that / is the ratio between the gas heat transfer area
(including the rotor and case surfaces) and the mean
cross-sectional area of the blade channel

Tow = Ty — Ne(Te — Teo) (A13)
5 1 ITBC - 1 Taw - Tbmux

E=o— 4= S bmax (Al14)
(hg kTBC) pgvgﬁo Aht.c

(12) At this point, both the initially guessed values of the over-
all cooling effectiveness (1) and the ratio between the
coolant and inlet gas mass flow rates (&), have been
updated, respectively with Eqgs. (A4) and (A14). The itera-
tive procedure is repeated, starting from point 2, and
solved with the direct substitution method, until the con-
vergence on the relative error of the two variables is
below a given threshold (1079).

The methodology discussed above is applied to the rotor blade
rows with the following modifications: the relative velocities
replace the absolute ones, the total-relative properties substitute
the total-absolute ones, and the rothalpy replaces the total
enthalpy.

Note, finally, that the model does not allow the designer to esti-
mate the cooling flow requirement for the disks and the casing,
which, in a conventional gas turbine, accounts for around one per-
cent of the inlet gas flowrate for each cooled stage [30]. However,
as the sCO, turbine is expected to be much more compact than a
conventional gas turbine of the same power capacity, it is envis-
aged that the disks and the casing cooling demand will be lower.
This expected result derives from the fact that the material consti-
tuting the case and disks act as a fin extracting thermal power
from other pieces of metal in direct contact with the hot gas.
Thus, since the high density of the working fluid leads to smaller
case and disks, the heat dissipated is required to be removed to
avoid excessive temperature, from the material is lower compared
to conventional gas turbines.
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