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Summary

ydrodynamic journal bearings are typically used in pumps or motors to support rotat-
H ing shafts with minimal added friction and wear. This is possible because the rotation
of the shaft inside the stationary, lubricant-filled bearing causes a pressure build-up in that
lubricant, which is capable of pushing the two bearing surfaces apart if the speed of the
shaft is high enough (or if the radial load is low enough). However, at low speeds the
bearing surfaces will remain in contact causing an increase in friction, and even worse,
an increase in wear. Since the speed and load are generally determined by outside factors
and cannot be selected for optimal bearing performance (a large container ship with a hy-
drodynamic bearing supporting the propeller shaft cannot enter a harbour at full speed),
it is unavoidable that a hydrodynamic journal bearing will sometimes have to run under
these unfavourable conditions. More viscous lubricant can be used to boost the pressure
build-up, allowing the shaft to run at lower speeds before the bearing transitions to the
high wear regime, but this will also increase friction and lead to a less efficient system.

A possible way around this issue could be the use of a magnetorheological (MR) fluid
as lubricant. MR fluids are suspensions of iron microparticles which experience an in-
crease in viscosity when magnetised. This process is fully reversible, effectively leading
to a fluid with a controllable viscosity. Lubricating a bearing with this fluid could pos-
sibly allow the viscosity to be increased in the region of the bearing where most of the
pressure is being generated, increasing the pressure build-up, while leaving the rest of
the bearing demagnetised, thereby minimising the increase in friction. Alternatively, the
bearing could be magnetised only at low speed or high load, when the increased viscosity
is actually needed. With these concepts in mind, the main objective of this dissertation is
to find out experimentally and numerically if MR-lubrication of a hydrodynamic journal
bearing could improve its performance compared to standard lubricants.

The investigations described in this dissertation will show that the performance of an
MR-lubricated bearing can indeed be switched from low friction at high speed, to more
efficient pressure generation (and higher friction) at low speed by placing permanent mag-
nets near the pressure generation region. The numerical model that has been developed
also generally agrees with these experimental findings. It will also be shown that the
performance of the tested MR-lubricated bearing is not clearly better than that of the
reference bearing, and initial suspicions that the presence of the particles in the MR fluid
would actually increase wear are confirmed as well. Experimental wear tests performed in
collaboration with the university of Gdansk have resulted in a selection of bearing sleeve
materials with improved wear characteristics, though even then wear rates in the MR bear-
ing remain somewhat larger. Based on all of these findings, magnetising an MR bearing
with a constant magnetic field, independent of speed or load, does not result in improved
performance. However, the results do seem to indicate that actively changing the mag-
netic field depending on the operating conditions (speed, load, etc...) could make the MR
bearing much more competitive. Active magnetic field control is therefore recommended
as a main focus for follow-up research.
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Samenvatting

ydrodynamische glijlagers worden vaak gebruikt in pompen of motoren om met mi-
H nimale extra wrijving en slijtage de roterende as te ondersteunen. Dit is mogelijk
omdat de rotatie van de as in het met smeermiddel gevulde lager (dat stil staat) een druk-
opbouw veroorzaakt in dat smeermiddel, waardoor de twee lageroppervlakken uit elkaar
worden geduwd als de snelheid van de as hoog genoeg is (of als de radiale belasting laag
genoeg is). Echter, bij lage snelheden blijven de lageroppervlakken in contact, wat leidt tot
een toename van de wrijving en, nog ernstiger, een toename van slijtage. Aangezien snel-
heid en belasting meestal worden bepaald door externe factoren en niet kunnen worden
gekozen voor optimale lagerprestaties (een groot containerschip met een hydrodynamisch
lager dat de schroefas ondersteunt, kan niet met volle snelheid een haven binnenvaren), is
het onvermijdelijk dat een hydrodynamisch glijlager soms onder deze ongunstige omstan-
digheden moet werken. Een meer viskeus (stroperiger) smeermiddel kan worden gebruikt
om de drukopbouw te verhogen waardoor de as op lagere snelheid kan draaien voordat
het in contact komt met het lager, maar dit zal ook de wrijving verhogen en zal leiden tot
een minder efficiént systeem.

Een mogelijke oplossing voor dit probleem zou het gebruik van een magnetoreologi-
sche (MR) vloeistof als smeermiddel kunnen zijn. Een MR-vloeistof is een suspensies van
microdeeltjes ijzer waarvan de viscositeit toeneemt wanneer ze wordt gemagnetiseerd.
Dit proces is volledig omkeerbaar, wat in feite leidt tot een vloeistof met een instelbare
viscositeit. Het smeren van een lager met deze vloeistof zou het mogelijk kunnen ma-
ken om de viscositeit te verhogen in het gebied waar de meeste druk wordt gegenereerd,
waardoor de drukopbouw zou toenemen, terwijl de rest van het lager gedemagnetiseerd
blijft zodat de toename van wrijving wordt geminimaliseerd. Een andere optie is om het
lager alleen te magnetiseren bij lage snelheid of hoge belasting, wanneer de verhoogde vis-
cositeit daadwerkelijk nodig is om de lageroppervlakken uit elkaar te houden. Met deze
concepten in het achterhoofd is het hoofddoel van dit proefschrift als volgt: het experi-
menteel en numeriek onderzoeken of MR-smering van een hydrodynamisch glijlager de
prestaties kan verbeteren ten opzichte van standaard smeermiddelen.

Het onderzoek dat in dit proefschrift wordt beschreven toont aan dat de prestaties
van een MR-gesmeerd lager inderdaad kunnen worden veranderd door de sterkte van het
magnetisch veld in de buurt van het drukopbouwgebied te verhogen door middel van
permanente magneten. Op deze manier verandert het typische gedrag van het lager van
lage wrijving (bij hoge snelheid), naar efficiéntere drukopbouw (en hogere wrijving). Het
ontwikkelde numerieke model komt over het algemeen ook overeen met deze experimen-
tele bevindingen. Het is ook aangetoond dat de prestaties van het geteste MR-lager niet
duidelijk beter zijn dan die van het referentielager, en daarnaast bevestigde deze tests
het aanvankelijke vermoeden dat de aanwezigheid van de deeltjes in de MR-vloeistof de
slijtage eigenlijk zou verhogen, in plaats van verlagen. Experimentele slijtagetests, uit-
gevoerd in samenwerking met de universiteit van Gdansk, hebben geleid tot materialen
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met verbeterde slijtage-eigenschappen, hoewel de slijtage in het MR-lager nog steeds iets
hoger blijft. Op basis van al deze bevindingen moet worden geconcludeerd dat het magne-
tiseren van een MR-lager met een constant magnetisch veld, onathankelijk van snelheid of
belasting, niet leidt tot verbeterde prestaties. De resultaten lijken echter wel aan te geven
dat het actief aanpassen van het magnetisch veld op basis van de bedrijfsomstandigheden
(snelheid, belasting, etc.) het MR-lager veel interessanter zou kunnen maken. Actieve re-
geling van het magnetisch veld wordt daarom aanbevolen als een veelbelovende richting
voor vervolgonderzoek.



Introduction

B earings are machine elements that reduce friction between moving parts and they
are found both in daily life and throughout industry, where they are used to improve
the efficiency and reliability of all kinds of machines and devices. One specific type of
bearing is the hydrodynamic journal bearing, which uses a thin film of oil to support a
rotating shaft. These bearings are capable of bearing high loads at relatively low speeds
while experiencing low friction and minimal wear. They are typically used in pumps or
motors, and are frequently installed as stern tube bearings in ships, where they support
the main shaft that connects the propeller to the engine [1]. These bearings are also being
considered for use in wind turbines, since the currently used rolling element bearings
cannot be scaled up indefinitely to support the increasingly larger size of these turbines
[2].

Looking at the working principles of hydrodynamic journal bearings in more detail
shows that the rotating shaft is contained in a (usually) stationary sleeve, with the two
components separated from one another by a thin film of pressurised lubricant. This pres-
sure is being generated by the combination of relative motion between the two bearing
surfaces and the non-constant thickness of the film (see figure 1.1a). The limits of the per-
formance of these journal bearing as a function of the operating conditions can be plot-
ted in a Stribeck curve [3, 4], which is shown schematically in figure 1.1b. The Stribeck
curve shows the friction in the hydrodynamic bearing as a function of the Hersey number,
which is proportional with the dynamic fluid viscosity 7 and the rotational speed of the
shaft n, and inversely proportional with the projected load W/(L- D) (with bearing length
L and bearing diameter D). When the shaft and sleeve are fully separated by the fluid film
the bearing is in the regime of hydrodynamic lubrication, which is characterised by low
friction and minimal wear, and occurs when speeds are high or loads are low. Reducing
the speed or increasing the load will decrease the minimum film thickness, until the first
roughness peaks of the two bearing surfaces come into contact. At that point, the bearing
transitions to mixed lubrication where load capacity is generated by both lubricant pres-
sure and asperity contact, leading to increased friction. This is called the transition point.
Continuing to lower speed or increase load will eventually lead to full contact between
the bearing surfaces, which is called boundary lubrication and is characterised by high
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Figure 1.1: The working principles of a hydrodynamic bearing explained: a) A schematic representation of a
hydrodynamic journal bearing. The dotted line is drawn between the centre of the bearing sleeve (hollow red
dot) and the centre of the shaft (solid black dot), the curved arrows indicate the direction of rotation of the shaft,
and the vertical green arrow indicates the direction of the load on the shaft. On the left of the dotted line the fluid
film converges, resulting in compression of the lubricant and the development of the pressure profile indicated
in red. On the right side the film diverges, which under typical operating conditions will result in cavitation
and therefore in pressures that are generally close to atmospheric pressure. The resulting asymmetric pressure
profile provides a net upward force on the shaft, forming the load capacity of the bearing. b) A typical Stribeck
curve which shows the friction coefficient as a function of the Hersey number. Note that the Stribeck curve can
alternatively also be plotted as a function of just the shaft speed n, changing the transition point into a transition
speed.

friction and wear. Clearly, a good hydrodynamic journal bearing should operate in the
hydrodynamic regime for the majority of its lifespan, at Hersey numbers above the trans-
ition point, to maximise energy efficiency and minimise wear.

The range of loads and speeds for which the bearing should operate in the hydro-
dynamic regime is generally determined by the application, leaving the bearing geometry
and lubrication selection to the designer. Over the years, there have been many develop-
ments on different geometries that optimise certain aspects of the bearing (examples are
tilting pad bearings, bearings with non-circular bores, deformable bearings, etc... [3]), but
while there has also been a lot of research on lubricants, the basic principle of lubricant
selection has remained the same. The viscosity of the lubricant is a trade-off between the
desired film thickness and an acceptable level of friction, and is generally considered to
be a given quantity that varies with effects like temperature and pressure but cannot be
changed once the lubricant has been chosen. Nonetheless, it can be imagined that there
are advantages to having more control over the viscosity of the lubricant in the bearing,.
For example, figure 1.1a shows that most of the pressure that keeps the bearing surfaces
apart is being generated near the bottom of the bearing. The lubricant at the top of the
bearing (where the film thickness is largest) barely contributes to the pressure generation,
but it does still increase the amount of friction. Perhaps a hypothetical bearing where the
lubricant viscosity is larger near bottom of the bearing than at the top could have almost
the same load capacity, but with lower friction. Another example, if a journal bearing
usually operates at high speed (in the hydrodynamic regime), but sometimes also has to
operate at low speed, it may be decided to use a relatively viscous lubricant to ensure the
bearing is in the hydrodynamic regime at all times. This will minimise wear, but will result
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Figure 1.2: The formation of particle structures (chains) in an MR fluid contained between two non-magnetic
surfaces. The figure on the left shows the unmagnetised suspension, the figure on the right the particle chains
that are held in place by the uniform magnetic fields created by the magnets.

in higher friction during normal high-speed operation. A hypothetical bearing where the
viscosity could be increased when the speed decreases could perhaps combine low friction
at high speed with thick films at low speed. Obviously, neither of these two hypothetical
bearings can be created with traditional Newtonian lubricating oils. But perhaps there
are some options with an alternative lubricant. Magnetorheological fluids, also called MR
fluids or MRFs, consist of a suspension of generally 20-30 vol% iron microparticles in a
carrier fluid (frequently a mineral oil) [5, 6]. Under most circumstances, these fluids be-
have somewhat like most other suspensions, but when they are placed inside an external
magnetic field they undergo a dramatic transformation. The magnetic field magnetises
the particles, causing them to be attracted to one another and leading to the formation
of particle structures (generally particle chains) along the magnetic field lines (see figure
1.2). This transformation occurs in only a few milliseconds and is completely reversible,
removing the magnetic field will dissolve the particle structures and will lead to the ori-
ginal suspension. The presence of these structures has a large effect on the fluid rheology.
When the MR fluid is at rest, or experiences only a small amount of shear stress, the struc-
tures are actually strong enough to trap the carrier fluid in between themselves, which at
a macro scale causes the MR fluid to seemingly become a solid. In this state, the MR fluid
is sometimes represented with a viscoelastic or viscoplastic model, but more commonly it
is simply seen as a solid with a yield stress [11], with the yield stress being the minimum
shear stress required for the carrier fluid to start moving through the structures. Once
large enough shear stresses have caused the carrier fluid to start moving, the structures
still impede its flow, resulting in an increase of the apparent viscosity at a macro scale
(compared to the unmagnetised state of the MR fluid). The magnitude of this increase
scales with the strength of the applied magnetic field and decreases the stronger the fluid
is being sheared, since the growing hydrodynamic forces on the particle structures will
cause their gradual breakdown, bringing more and more particles back into suspension
[12]. This effect makes an MR fluid strongly shear-thinning, which is shown in the viscos-

MR fluids should not be confused for ferrofluids, which are colloidal suspensions of iron nanoparticles that
generally do not experience a change in rheology when magnetised [7, 8]. However, it is important to realise
that whether or not a suspension of magnetisable particle can change its rheology does not only depend on
the particle size, but also on aspects like particle concentration and the strength of the external magnetic field
[9, 10].
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Figure 1.3: Viscosity as a function of shear rate for a representative MR fluid with and without an external
magnetic field applied to it. It is clear that the MR fluid is strongly shear-thinning under all circumstances,
even when not magnetised. This is caused by the inclusion of thixotropic (shear-thinning) anti-sedimentation
additives, used because of the density mismatch between iron and oil [13-15].

ity plot in figure 1.3.

This unique variable rheology of MR fluids has led to research into to several applic-
ations. In the past, MR fluids have mostly been used in low shear situations, where the
viscosity increase due to the magnetic field is largest. This has for example resulted in MR
clutches, brakes, and dampers [16], with the latter having found use in the suspension of
high-end cars [17, 18]. Other applications such as MR force-feedback devices or magnet-
orheological elastomers have also gotten some interest [19], as well as the use of MR fluids
as lubricant in hydrodynamic bearings. As was hinted at earlier, the potential to change
the viscosity of the lubricant inside the bearing with a variable that is independent from
the normal operation of the bearing (a magnetic field) is very enticing.

1.1 Problem statement

In spite of the potential of a hydrodynamic bearing with variable fluid film viscosity, the
body of work on MR-lubricated bearings is relatively small and almost all research evalu-
ates journal bearings where an attempt is made to magnetise the entire fluid film, which
is then compared with the unmagnetised bearing and/or the same bearing lubricated with
oil. Both numerical [20-24] and experimental [25-29] papers have been published, and
in general the conclusions are the same: when magnetised, the bearing shows thicker
films/higher load capacity (and sometimes higher stiffness and damping is mentioned),
but also (significantly) increased hydrodynamic friction at high speeds. In the opinion of
the author these results are not all that exciting, it is clear that magnetised MR fluid has
high viscosity even when used as a lubricant, and this has the expected effect of increasing
film thickness and friction. But by magnetising the entire fluid film at all times the main
distinguishing feature of MR lubrication, the possibility of varying viscosity at different
locations in the bearing films, or as a function of the operating conditions, is not used
to the fullest. There has been one attempt to locally magnetise an MR-lubricated journal
bearing near minimum film, but the resulting bearing still showed very high friction (and
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very thick films) [30]. Other than this one paper however, the author of this dissertation
knows of no attempts to properly explore the possibilities offered by MR lubrication, or
attempts to show whether MR lubrication can be a practical alternative (with acceptable
friction) to lubrication with standard lubricating oils.

1.2 Research objectives

The main objective of this dissertation is to investigate (both numerically and experiment-
ally) the use of MR fluid as a lubricant for hydrodynamic journal bearings, with the aim
of discovering whether MR lubrication can offer improved performance compared to tra-
ditional lubricating oils. In this context performance refers to the ability of the bearing
to generate thick films (or low transition speeds) with low high-speed hydrodynamic fric-
tion, and it will be used in this capacity throughout the dissertation. Note the mention
of ’transition speeds’ instead of ’transition points’ (which were introduced in figure 1.1b).
Since MR fluids are shear-thinning and the shear stress varies throughout the film of a
journal bearing, the viscosity of an MR film will vary throughout the bearing even when
unmagnetised. The Hersey number, which is calculated with a single value for the viscos-
ity in the entire bearing, is therefore no longer well defined. As a result, the rest of this
dissertation will show Stribeck curves as a function of the shaft speed n only, changing
the transition point into a transition speed.

There seem to be two promising options for starting the investigation into MR lub-
rication, either using local magnetisation of the fluid film, or (full) magnetisation as a
function of the operating conditions (active control). Local magnetisation may be more
interesting to start with since it has the potential to passively reduce friction (compared to
literature) with minimal effect on the film thickness. Therefore, local magnetisation will
be investigated first, leaving active control as an option to investigate later. Next to this,
there are some other aspects of MR lubrication that will require attention. The first is the
non-Newtonian shear-thinning nature of an MR fluid, which makes it difficult to predict
the behaviour of the bearing with standard Newtonian Reynolds equation-based models.
Similar models that incorporate the effects of shear-dependent viscosity do exist, but are
more computationally complex and therefore take much longer to run (minutes instead
of seconds). Making such a model more computationally efficient would make it easier
to design interesting experiments, and would allow for larger scale optimisation studies.
The second aspect that requires attention is wear of the bearing due to MR lubrication.
It is to be expected that lubricating a bearing with a fluid containing hard microparticles
will lead to increased (abrasive) wear, and there is some experimental evidence that this
is indeed the case [30]. It is therefore necessary to investigate the severity of wear due to
MR lubrication, and to find methods of mitigating this additional wear if needed. Finally,
with an initial experimental result showing the feasibility of local magnetisation, with a
fast model, and with an acceptable level of wear, it will be possible to start an in-depth
investigation into optimal magnetic fields to apply to MR-lubricated bearings, hopefully
answering the main question about which improvements MR lubrication can offer over
oil lubrication.

In summary, several research objectives have been formulated to work towards the
main objective, with a focus on investigating potential issues and on exploring the unique
capabilities of a lubricant consisting of a magnetically activated suspension of hard particles:
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1. Minimise the friction increase of an MR-lubricated bearing by locally magnetising
the fluid film, without losing the low-speed film thickness increase.

2. Develop a fast numerical model capable of taking the shear-thinning characteristics
of MR fluids into account.

3. Experimentally evaluate the mode and impact of shaft and journal wear caused by
the MR lubrication, and find ways of mitigating the additional (abrasive) wear com-
pared to traditional oil-lubricated bearings. This research objective will be investig-
ated in close collaboration with researchers from the university of Gdansk.

4. Using the findings from the previous investigations, take steps towards numerically
optimising the magnetic field used to activate the MR lubricant in the thin film, and
verify the resulting performance experimentally for a range of operating conditions.

1.3 Structure of the dissertation

The chapters of this dissertation generally follow the structure laid out by the set of object-
ives formulated above, with the exception of chapter 6. Chapter 2 shows that the friction
increase associated with MR lubrication in literature can be minimised by diluting the MR
fluid and by locally magnetising the fluid film. However, this was also found to result in a
relatively small decrease in transition speed. Chapter 3 presents the implementation of a
shear-thinning Reynolds equation-based numerical model, with a focus on reducing the
computational complexity of the problem, as preparation for further experimental tests.
Chapter 4 examines the wear issues observed in chapter 2 in more detail, and shows that
the wear in an MR-lubricated journal bearing can indeed be severe depending on the bear-
ing materials. Several possible solutions are investigated and alternative (less stiff) bearing
sleeve materials are found to be the most promising. With the results from the previous
three chapters taken into account, chapter 5 describes the results of a comprehensive in-
vestigation into the performance of an MR-lubricated journal bearing for several magnetic
fields, and shows that it is possible to optimise the shape and strength of the applied mag-
netic field. Chapter 6 presents the performance of MR-lubricated rubber bearing, which
has promising wear performance but turns out to be barely affected by the activation of
a magnetic field. Finally, chapter 7 provides an all-encompassing discussion of the find-
ings from the previous chapters, and reflects on what these findings mean for the main
objective of the dissertation.
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It is known from literature that magnetising an MR-lubricated hydrodynamic journal bear-
ing will result in thicker films, but also in higher friction. To make MR lubrication useful
for a larger range of applications, it would be beneficial if it were possible to minimise this
increase in friction, ideally without significantly reducing the film thickness increase. This
chapter therefore explores the use of an MR fluid with fewer particles, in combination with a
weaker magnetic field applied locally near minimum film. With these measures are expected
to reduce fluid viscosity, and therefore to lower friction.

This chapter previously appeared as G. H. G. van der Meer, F. Quinci, W. Litwin, M. Wodtke, and R. A. J. van
Ostayen, ‘Experimental comparison of the transition speed of a hydrodynamic journal bearing lubricated with oil
and magnetorheological fluid’, Tribology International, vol. 189, p. 108976, Nov. 2023.

Please note that the addendum at the end of this chapter was not part of the original publication, and compares
the shear-thinning numerical model described in chapter 3 with the Newtonian model presented in this chapter.



8 2 Proof of Concept

Abstract

A journal bearing test bench is used to find the transition speed between the hydrodynamic
and mixed lubrication regimes for a modified magnetorheological (MR) fluid. It is shown
that the transition speed of the bearing can be reduced by applying a local magnetic field
near minimum film when it is lubricated with the MR fluid, and that this will only mar-
ginally increase friction. The lubricating performance of the MR fluid is compared to that
of a reference oil, and all experimental results are compared with a Finite Element model
based on the Reynolds equation.
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2.1 Introduction

ydrodynamic journal bearings are used to support high speed rotating shafts through
H a thin film of pressurised lubricant, separating the bearing surfaces and reducing
friction and wear [3, 31]. This pressure generation is the result of the relative motion
between the shaft and bearing, and scales with the speed of the shaft. At low speeds the
pressure generation will be insufficient to carry the load, causing a transition from the
high speed hydrodynamic lubrication regime to the low speed mixed or even boundary
lubrication regime. In applications where the shaft frequently has to start and stop, this
not only increases power consumption, but can reduce the lifetime of the bearing as well
due to increased wear. For those applications it is desired to reduce the transition speed,
the minimum speed where the bearing can still operate in the hydrodynamic regime, as
much as possible.

Several methods exist for improving the low speed performance of hydrodynamic
journal bearings. One effective way of separating the surfaces is by using a hydrostatic
or hybrid bearing, where at low speeds the oil film is created with high pressure lubricant
provided by an external pump [32]. This allows for low friction operation of the bearing
at all speeds, however, if the pump were to fail the performance of the bearing would
deteriorate, causing an unexpected increase in friction and wear. Another technique that
can be used to increase pressure generation and load capacity at all speeds is the use of
textured surfaces. However, these are susceptible to wear during boundary lubrication
and can be difficult to design correctly, leading to a decrease in performance if the operat-
ing conditions are unfavourable [33, 34]. A third technique, which is also the focus of this
research, is the use of so-called ’smart’ lubricants that experience a change in rheological
properties when exposed to an external field [35].

One of these smart lubricants are the magnetorheological (MR) fluids. An MR fluid
consists of a mineral carrier oil with a large concentration of iron microparticles in sus-
pension, usually amounting to about 70 to 80% of the total mass, as well as a number of
additives [13]. When a magnetic field is applied to the fluid the particles will interact and
form structures. These structures trap the oil and have the effect of turning the fluid into
a viscoplastic solid at low shear stresses, while at higher shear stresses the structures are
partially broken apart, leading to a higher effective viscosity that scales with increasing
magnetic field strength. When the magnetic field is removed, the particles lose their mag-
netisation and the structures dissipate within a few milliseconds, returning the viscosity
to its original value [5, 6, 15].

Due to the complicated non-Newtonian behaviour of these fluids, there exists a large
amount of literature focused on developing analytical or numerical models [11]. For a
lubricated contact using MR fluid, this can be done with a continuum approach which
requires the use of one of several rheological models. Generally, either the Bingham plastic
or Herschel-Bulkley model is used, but multiple other models exist as well [11, 36]. Both
models include the viscoplastic behaviour of an MR fluid at low shear stress using a yield
stress that depends on the magnetic field strength. Above the yield stress, the Bingham
plastic assumes a linear relation between shear stress and shear rate, while the Herschel-
Bulkley model also includes the effects of shear-thinning. Shear-thinning should be taken
into account when the shear rate is high (order of magnitude > 1 x 10*s~1) [37, 38], which is
generally the case in high speed hydrodynamic journal bearings. For modelling a bearing
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Figure 2.1: A schematic figure (not to scale) of an MR-lubricated journal bearing with a local magnetic field
applied just before the location of minimum film. The magnetic field moves from the left magnet to the shaft,
and then through the shaft and back to the magnet on the right. This figure is just for illustration, the actual
magnetic field that was used during the experiments is discussed in section 2.2.3.

lubricated with an MR fluid, the rheological model is usually combined with either the
Navier-Stokes equations [21, 39], or the Reynolds equation [40, 41], which is a simplified
form of the Navier-Stokes equations that can be used for thin film flows [42].

On the experimental side, MR fluids have been used most successfully in active dampers
[43], even resulting in some commercial applications [17, 44]. However, the use of these
fluid in bearings has also gotten some attention, although it should be noted that only a lim-
ited number of experimental investigations could be found in literature. Hesselbach and
Abel-Keilhack [26] used MR lubrication in a hydrostatic bearing with the aim of achieving
a constant bearing gap for variable load. By varying the magnetic field at constant load
they could obtain large changes in gap size with relatively small magnetic fields. Based on
these findings, they concluded that very high stiffness could be achieved in a closed-loop
system with a constant bearing gap, which was later attempted experimentally in [45].
A hydrodynamic journal bearing lubricated with MR fluid was investigated by Urreta et
al. [27], who found that for the same configuration of magnetic coils, a magnetisable
carbon steel shaft resulted in higher load capacity and a more stable locus than a non-
magnetic stainless steel shaft. They mention that this increase in load capacity could be
used to widen the operating range of a hydrodynamic bearing, reducing the transition
speed. Bompos and Nikolakopoulos [25] looked at the stability of oil and MR-lubricated
rotor systems, and found that compared to oil lubrication the activated MR fluid increased
stiffness and damping, while reducing the diameter of the shaft orbits at low load. Vaz et al.
[28] found experimentally that the high viscosity of activated MR fluid not only increases
load capacity, but also friction force. Several numerical investigations also cite this as the
main drawback of MR lubrication [20, 21, 39]. This friction force increase of MR fluid com-
pared to standard lubricant is problematic, since it will increase the power consumption
of the system. A promising method of limiting the friction increase while still increasing
load capacity might be to locally magnetise the MR lubricant film (see figure 2.1), instead
of magnetising the entire film as is usually done [46]. Quinci et al. [30] tested this concept
experimentally and compared it with oil lubrication, but still recorded high friction losses
for the MR fluid. They did note that the standard commercial MR fluid that was used was
not optimal for their specific application, and had a very high base and magnetised viscos-
ity compared to the base viscosity of the oil and MR fluid. They suggested creating an MR
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fluid tailor-made for hydrodynamic lubrication.

In summary, literature demonstrates that MR fluid can be used as a lubricant in hy-
drodynamic journal bearings in order to increase the load capacity, which at low speeds
results in a reduction of the transition speed. However, the main drawback is the increased
friction coefficient compared to standard lubricant due to the higher viscosity of MR fluids
[20, 21, 28, 39]. While it has been suggested [30, 46] that it might be possible to reduce the
friction coefficient with MR lubrication by locally magnetising the film and by optimising
the MR fluid to decrease its viscosity, the experimental verification of this hypothesis does
not yet exist. Therefore, this paper presents for the first time in literature the experimental
and numerical results of a hydrodynamic journal bearing lubricated with a locally mag-
netised low viscosity MR fluid. Our research shows that this approach will indeed result
in less friction than when using a reference lubricant, without the loss of the magnetically
induced load capacity increase at low speeds.

2.2 Materials and methods

The experimental measurements in this research were performed using a custom-built
setup for testing a hydrodynamic journal bearing. With standard mineral oil lubrication
(from now on the “reference measurements”) and MR lubrication (from now on the MR
measurements”) the shaft locus, coefficient of friction and bearing temperature were meas-
ured for different speeds, with the aim of identifying the transition speed of the bearing
system. These experimental results were compared with the numerical results from a
model based on the 2D Reynolds equation. This section provides the details of the setup
and experimental procedure, as well as the lubricant properties and the structure of the
numerical model.

2.2.1 Experimental setup

A photo of the experimental setup is shown in figure 2.2, the main properties of the setup
and experimental conditions can be found in table 2.1. The setup consists of a 50mm
shaft (1) supported by two self-aligning ball bearings (2), with the housing that contains
the hydrodynamic journal bearing (3) centred in between the ball bearings. The shaft is
driven by a 5.5kW AC electric motor (4) that is controlled via a frequency inverter, with
velocity feedback provided by an incremental encoder mounted on the shaft inside the
motor housing. A pneumatic jack is used to generate a constant radial load, which is
measured with a Futek LCF455 load cell (5) mounted on the piston (accuracy about £30N),
and can be changed by modifying the air pressure in the jack. The jack is mounted on a
small shaft parallel to the main shaft (1) which is supported by two ball bearings, to prevent
it from constraining the movement of the housing around the main shaft. A hydrostatic
bearing (6) supplied by a hydraulic pump then transfers the load from the jack to the
bearing housing, creating a hydrostatic oil film in between those two components. This
allows for accurate friction measurements using a moment arm and a 100lb Futek LSB201
load cell (7). Following the data sheet [47] and assuming rectangular probabilities, this
load cell has a standard combined uncertainty of +0.39N. The friction force in the bearing
is determined from these measurements by calculating the bearing torque (multiplying the
load cell force with the distance between the load cell and the centre line of the bearing)
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Figure 2.2: The setup used to conduct the measurements. 1 - main shaft, 2 - support bearings, 3 - bearing housing,
4 - electric motor, 5 - load cell, 6 - hydrostatic bearing, 7 - moment arm.

and dividing it by the bearing radius. Assuming an applied load of 2.5kN, this translates to
a standard deviation on the measured friction coefficient of £0.0012. The uncertainty due
to the dimensional tolerances of the housing and moment arm were found to be negligible
compared to the uncertainty of the sensor, and were therefore not included in the final
calculation. The lubricant of the hydrodynamic bearing (oil or MR fluid) is pumped from a
reservoir with a separate cavity pump, a positive displacement type pump selected for its
ability to pump fluids with high particle content. The bearing is connected to the pump
with flexible silicon tubes to limit the influence of the tubes on the friction measurement.

Overview of the bearing

A schematic overview of the bearing housing is shown in figure 2.3. Permanent magnets
were used to locally magnetise the MR fluid, and one of the main considerations during
the design of the bearing housing was that it should be possible to create any magnetic
pattern in the film, without replacing or moving the bearing bush. For that reason, only
the edges of the bearing bush (a & b) are used to support it in the C45 steel flanges (d) of
the housing. The resulting open space (marked with ’open’ in the figure) can be utilised to
place the permanent magnets in any desired pattern using disposable 3D-printed support
structures (not shown). To limit deformations of the relatively soft bronze bearing bush (a)
due to the hydrodynamic pressure buildup in the bearing, it is press-fitted inside a stiffer
AISI 304 steel bush (b). The housing is completed with two half-cylindrical C45 steel shells
(c1 & c2), which can be removed to access the magnets while the bearing is installed on
the shaft. As aresult, it is only necessary to remove the bearing from the shaft in order to
clean it when switching lubricants.

Lubricant enters the bearing through two inlet holes at ¢ = 90° and ¢ = -90° (¢ = 0°
is the rest position of the shaft, see figure 2.3 for the coordinate system), with a groove
distributing the lubricant in the axial direction. The lubricant exits the bearing at both
axial ends where it can return to the reservoir. Aluminium contactless labyrinth seals (e)
are used to reduce leakage, these were selected to prevent the seals from affecting the
friction measurement. The bearing sleeve temperature was measured using eight 1mm
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Table 2.1: Overview of the bearing properties and operating conditions

Property Symbol  Value

Shaft diameter D 50mm
Bearing length L 100mm
Nominal radial clearance hg 100pm
Bearing surface roughness Ra 0.4pm

Shaft surface roughness Ra 0.4pm
Lubrication groove radius/length 1mm/50mm
Moment arm length 200mm
Rotational speed n 0 to 500rpm
Applied load/Specific pressure Wolpm  2.5kN/0.5MPa
Average lubricant temperature T 32°C
Lubricant pump flow rate Qin 0.3Lmin !
Magnet remanence B, 1.29-1.32T
Magnets diameter/length 20mm/20mm
Centre-to-centre distance magnets L1 20.8mm
Distance magnets-film L2 8mm

OD type K thermocouples (accuracy about +1.5K) installed in radially drilled holes 2mm
below the bearing inner surface, with one additional thermocouple measuring fluid tem-
perature inside one of the two inlets (not shown). The expected temperature of the fluid
film will probably be slightly higher than the temperature measured by the thermocouples.
However, taking into account the high thermal conductivity of the bronze bearing sleeve
and the relatively light operating conditions of the test, it is expected that the difference
between the fluid film and sleeve temperatures will be small. Finally, two Micro-Epsilon
capaNCDT6200 amplifiers control four Micro-Epsilon CS05 capacitive distance sensors
(accuracy about #0.15pm, sensors not shown), that are mounted on the housing using
clamps (f) to measure the locus of the shaft. Two sensors are installed 90° apart on either
side of the housing, the locus is determined by averaging the results from both sides.

2.2.2 Lubricant properties
For the reference measurements Castrol MHP 153 (SAE 30) was used, which is a lubricating
oil designed specifically for maritime applications (such as stern tube bearing lubrication).
The MR measurements were performed using a modified version of the commercially avail-
able MR fluid MRHCCS4-A designed by Liquids Research Ltd. At request, the commercial
fluid was modified by Liquids Research Ltd. to reduce the viscosity of the MR fluid to
below that of the reference oil at high shear rates. In addition, the mass fraction of the 1
to 2um particles was reduced from 70 to 20%, and the ratios of the various additives were
modified. The effective viscosity of both the MR and reference lubricants was validated
for different shear rates and temperatures using an Anton Paar MRC 302 rheometer with
a cone type spindle. The viscosity of the MR fluid was also measured with magnetic fields
of different strength applied. The results are shown in figure 2.4.

Figure 2.4a clearly shows the strong shear thinning properties of the MR fluid, espe-
cially compared to the standard lubricant (which is also slightly shear-thinning). When
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Figure 2.3: Schematic cross-section of the bearing housing. 1 - main shaft, a - bearing bush, b - reinforcement
bush, c1&c2 - housing shells, d - housing flanges, e - labyrinth seals, f - capacitive sensor clamps, g - permanent
neodymium magnets, h - notch, T0-T7 - thermocouples. The coordinate system that was used is shown in the
cross-section on the right, the shaft rotates in the positive ¢ direction. Not shown is the non-magnetic 3D-printed
structure that fills the space marked with ’open’ and is used to keep the magnets in place. This structure is fixed
in the housing using the four notches.

a magnetic field is applied, the viscosity of the MR fluid increases rapidly, especially at
lower shear rates. However, shear rates in the bearing are expected to be relatively high
(order of magnitude 1 x 10*s™1), at which point the MR viscosity without magnetic field is
about half that of the reference lubricant. With a magnetic field of 160kAm™ the viscosity
at high shear rates is increased approximately by a factor 2, and it is clear that the shear-
thinning effect becomes stronger. For comparison, the unmodified MR fluid is only 10%
less viscous than the reference lubricant at high shear rates, and its viscosity increases by
a factor 7 when magnetised at 160kAm™!. At low shear rates the difference between the
modified and unmodified MR fluid is even larger. At 1000s™! the viscosity of the modified
MR fluid increases by a factor 15 when a 160kAm™! magnetic field is applied, while the
viscosity of the unmodified MR fluid increases by a factor 40. Figure 2.4b shows that both
the standard lubricant and the MR fluid show a decrease in viscosity for an increase in tem-
perature. With the magnetic field activated this decrease becomes less strong, because the
influence of the magnetised particle structures on the viscosity starts dominating the in-
fluence of the carrier oil [48]. Finally, figure 2.4c shows the magnetic response of the MR
lubricant. Here it can be seen that at higher magnetic field strengths the particles reach
saturation, causing the curve to flatten out.

Bearing sleeve temperature

The viscosity measurements with varying shear rate and varying field strength were both
performed at constant temperature of 32°C. This temperature was chosen based on the film
temperatures measured by the thermocouples during the Stribeck measurements, figure
2.5 shows some representative temperature profiles. Please take into account that no heat
exchanger was used to keep the lubricant reservoir at a constant temperature during the
measurements.
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Figure 2.4: a) Effective viscosity vs shear rate for both lubricants and different magnetic fields (constant tem-
perature). b) Effective viscosity vs temperature for both lubricants and different magnetic fields (constant shear
rate). c) Effective viscosity vs magnetic field strength for the MR lubricant (constant temperature and shear rate).
Take note that only subfigures b) and c) use the same scale for the y-axis.
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Figure 2.5: a) The bearing sleeve temperature near minimum film for all lubricants. The temperature profiles
are shown for only one speed per lubricant (250rpm corresponds to t = 2100s), these results are representative
of the profiles at all speeds. Thermocouple T4 is missing for the measurement with activated MR fluid, since
a permanent magnets was placed at that location instead. b) Sleeve temperature over time for the different
lubricants as measured by thermocouple T7, which recorded the highest temperatures of all thermocouples.

Figure 2.5a shows the bearing sleeve temperature profiles in the lower right quadrant
of the bearing at high speed (n = 500rpm) for both the reference and MR measurements
(see figure 2.3 for the thermocouple locations). For all lubricants, the variation in film
temperatures inside the bearing is seen to be small, the variation is less than 1°C. Figure
2.5b shows the temperature over time in thermocouple T7, again for both measurements.
Here it can be seen that the temperature in the oil-lubricated bearing mostly stabilises
after about 1000s, while the temperature in the MR-lubricated bearings continues to rise
during the Stribeck measurements, leading to a temperature increase of slightly less than
3°C over the course of the experiment. It is not known why the temperature does not
stabilise during the time frame of the test when using MR lubrication, but it might be
related to the different thermal properties the two fluids, as well as the different amounts
of fluid in the reservoir (see section 2.2.4).
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Figure 2.6: a) The unfolded fluid film of the journal bearing, with the magnets and inlets shown at respectively
¢=0and ¢ =-n/2 & ¢ = n/2. The distance (out-of-plane) between the magnet surface and the film is 8mm, the
pole that is turned towards the film is indicated with "N’ (north) or ’S’ (south). b) The corresponding norm of the
magnetic field strength profile in the fluid film in kKAm™. The profile is taken at the middle of the film.

2.2.3 Magnetic field properties

For the MR measurements with magnetic field, a relatively simple magnetic pattern was
used. Based on some simple initial numerical calculations, three cylindrical N42 neody-
mium magnets were placed in a line along the axial direction at an angle of ¢ = 0° as can be
seen in figure 2.6a. Because the bearing bush is non-magnetic, a fairly uniform magnetic
field is formed locally between the magnets and the steel shaft. Furthermore, it was found
that by reversing the polarity of the central magnet with respect to the other two, the field
strength in the rest of the film could be reduced even further.

The resulting magnetic field was calculated with the "Magnetic Fields, No Currents
(mfnc)” interface of the AC/DC module of the commercial FEM software package COM-
SOL Multiphysics® 6.1. This interface implements Gauss’ law for the magnetic field using
the scalar magnetic potential, with cubic order shape functions. The 3D computational
domain can be seen in figure 2.7, only one quarter of the system is modelled since it is
symmetric. The parts that are highlighted in the figure (C45 housing and shaft) are as-
sumed to be soft ferromagnetic and are modelled with a magnetisation curve (curve data
taken from measurements in [49]). The influence of the housing on the magnetic field in
the film was found to be relatively minor (especially close to the magnets), which is why
the housing geometry was simplified by removing all internal features (inlets, outlets, bolt
holes, etc...) in order to reduce the computational complexity of the problem. All other
parts are assumed to be non-magnetic and have a relative permeability of 1 (air domain),
or are not modelled (bearing bush). The permanent magnets are modelled with the re-
manent flux density magnetisation model (see table 2.1 and figure 2.6 for magnet strength
and orientation respectively). An unstructured tetrahedral mesh was generated for the
computational domain using the “extremely fine” mesh preset, resulting in a mesh with
158733 elements with a quadratic order shape function. The standard solver (Newton-
Raphson iteration with under-relaxation) was used with a relative tolerance of 1 x 1073 in
order to calculate the solution for a total of 731371 degrees of freedom. These settings
were confirmed by a mesh convergence study. Figure 2.6b shows a profile of the magnetic
field strength in the middle of the film (the change in magnetic field strength over the
film thickness is negligible), where it is clear that the strongest magnetic field is located
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Figure 2.7: The 3D computational domain used to calculate the magnetic field in the fluid film. The soft ferro-
magnetic shaft and housing are highlighted in green, the magnets in dark blue, and the air in grey. Dimensions
are in millimetres.

around ¢ = 0, and that the magnetic field is negligibly small almost everywhere else. There
is a small increase in magnetic field strength near the edges of the bearing (y =0 & y = 1)
where it is supported by the (ferromagnetic) steel flanges of the housing, but this effect is
small as well.

2.2.4 Experimental procedure

All measurements were performed under identical experimental conditions, only changing
the lubricant or the magnetic field depending on the measurement being conducted. The
goal of these measurements was to identify the critical transition speed where the bearing
changes from the hydrodynamic regime to the mixed or boundary lubrication regime,
which was done by generating Stribeck curves at a constant load (2.5kN/0.5MPa).

Before every single Stribeck measurement, the setup was warmed up by letting it run
at the target load and at maximum speed (500rpm) until the lubricant temperature in the
tank reached 26°C. Depending on the lubricant, the ambient conditions, and the volume
of lubricant in the tank, this took anywhere between 1 and 3 hours. The lubricant volume
was 7L for the standard lubricant, but due to its high cost only 1.5L of the MR fluid were
used at a time.

After the warm up, the Stribeck measurement was conducted by reducing the speed
from 500 to 300rpm in steps of 50rpm, and then from 300 to Orpm in steps of 25rpm. After
every step the speed was kept constant for 5min to allow for stabilisation of the temper-
ature in the film. If at any point during this test, the coefficient of friction (CoF) became
larger than 0.02 for more than 1min, the bearing was assumed to have entered mixed or
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boundary lubrication and the measurement was stopped. During every step, LabVIEW
was used to read data from all sensors at a frequency of 100Hz, apart from the thermo-
couples which were read at 3Hz. For the final 10 seconds of every step, data from the
capacitive sensors was read 500 times per shaft revolution (e.g., 1875Hz at 225rpm) to
enable an accurate calculation of the shaft locus.

Finally, after the Stribeck curve had been recorded the clearance circles were measured
(without removing the applied load) to be able to place the shaft locus in the bearing [50].
This means that the capacitive sensors were used to record the maximum clearance of the
shaft in the bearing for all angular coordinates ¢, by rotating the bearing housing 360°
around the shaft. For this process, the moment arm and tubing were removed, and only
the hydrostatic bearing was left turned on. The clearance circle was then constructed by
least-squares fitting a circle through 12 points recorded by the capacitive sensors at evenly
spaced angles.

2.2.5 Numerical modelling

The hydrodynamic performance of the bearing in the experimental setup has also been
compared with a FEM numerical model made using COMSOL® Multiphysics 6.1 [51]. The
aim was to compare the reference measurements with a numerical model validated in
literature, and to see if this model could correctly predicted the trends of the MR measure-
ments in the hydrodynamic regime. The mixed and/or boundary lubrication regimes are
not included in the model, which means that the transition speed cannot be determined
exactly. The model that was used is based on 2D Reynolds equation combined with the
JFO boundary conditions to include cavitation. Because the difference in temperature in
the film was found to be small during the experiments (as discussed in section 2.2.2), it
was assumed that an effective (constant) film temperature of 32°C could be used, which is
the average film temperature over time for all measurements. The effect of shear-thinning
on the viscosity was not taken into account either. The reasoning for this is that the shear
thinning effect of the MR fluids (especially without magnetic field) is less pronounced at
the relatively high shear rates expected to be found in the bearing. At shear rates close
to zero shear-thinning is much stronger, and MR yield stress would also have to be taken
into account. In the current model the viscosity at a shear rate of y = 8800s™! is used for
all speeds, as well as the magnetic field dependency from figure 2.4c.

Equation 2.1 shows the Reynolds equation as found in [52], with pressure p, cavitation
mass fraction f,, film thickness h, viscosity 7 and shaft surface speed u. In order to include
cavitation, a variable transformation is used to replace both p and f. with functions of a
new variable & (equations 2.2 & 2.3). By assuming that at any point in the computational
domain, the lubricant is either in a full film region (p > 0, f. = 1) or in a cavitated region
(p =0, f. < 1), the Reynolds equation can be solved for a single variable (£) that represents
either the pressure or the mass fraction, depending on its sign.

o ( Wf.op hfu\ o ( Kf ap
5(‘ 12'75+T)+8_y(_ 12'75)

p=(£=0)¢ (2.2)
fo=1+(E<0)cst (2.3)

=0 (2.1)
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By entering equations 2.2 & 2.3 in the Reynolds equation, and by adding artificial diffusion
in the x- and y-directions using the transformation constant cs (cs = h?/(3nh,) with mesh
element size h,), the Reynolds equation is reduced to equation 2.4. For a detailed deriva-
tion and discussion of this cavitation algorithm, and the calculation of the transformation
constant, the reader is referred to [52].

o ( kot hfu\ o[ h*o
—(———§+ Je )+—(———§):0 (2.4)
ox \ 12nox 2 Jdy \ 12n9dy

The implementation of the model is extended in a two ways. First of all, the steady
state shaft locus is determined by solving equations 2.5 and 2.6 for the film pressure p,
with F, and F), the horizontal and vertical load capacities respectively.

F, = JLpsingbdA =0 (2.5)

F, = stpcos¢dA =W, (2.6)

The second extension is a simple equation for calculating the inlet pressure p;,. Since
a positive displacement pump is used for transporting the lubricant, it is not possible to
assume a constant inlet pressure for all speeds of the shaft, like with a pressure-driven flow.
Instead, the flow coming out of the pump (with volume flow rate Q;,) will be divided over
inlets 1 and 2 (with volume flow rates Q; and Q,), with the ratio Q;/Q, being a function
of the speed. This is modelled with equation 2.7, which is solved for p;,.

O1+-0i,=0 (2.7)

The volume flow rates Q; and Q, are obtained by integrating the flow rates g, and g,
(from the continuity equation) over the boundaries of the inlets.

Finally, the friction coefficient f is determined using equation 2.8, with the integrand
evaluated at the stationary surface. This surface corresponds to the inner surface of the
hydrodynamic bearing, which is connected to the moment arm used for measuring friction
in the experimental setup (number 7 in figure 2.2).

dA
z=0

[l | _

= 2.8
T (28)
Software implementation
The Reynolds equation (eq. 2.4) is implemented as a General Form PDE in COMSOL®
with cubic order Lagrangian shape functions, and equations 2.5-2.7 are added as global
equations. The pressure is set to 0 (atmospheric pressure) at the open edges of the bearing
(y =0 ad y = 1) using a Dirichlet boundary condition, and similarly the pressure at the
edges of the inlet is set to the value of p;, with a Dirichlet boundary condition as well. A

Footnote not present in original publication - A small mistake was made in writing down equations 2.5 and 2.6,
the surface integral is written as [[; which means the differentials should be written as dS instead of dA.
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periodic boundary condition is used for the edges of the computational domain at x = -7
and x = 7. The computational domain (shown in figure 2.6a) is discretised using a struc-
tured quad mesh with a maximum element size equal to the diameter of the inlet grooves,
resulting in 3950 quad elements and a total of 35941 degrees of freedom to be solved
for. The solution process uses a segregated solver that is based on Newton-Raphson iter-
ation with under-relaxation and is assumed to be converged when the relative tolerance
is lower than 1 x 107, During the solution process the first step is to calculate an initial
solution by solving the Reynolds equation individually (without equations 2.5-2.7) at the
maximum speed of 500rpm. After that all four equations are solved at the same time, and
a parameter sweep is used to reduce the speed in steps of 25rpm. The sweep is set to stop
once the speed reaches the transition speed that was found experimentally, the transition
speed is not calculated by the model. All of these settings were confirmed to give mesh
convergence.

2.3 Results and discussion

In this section the results of the reference measurements with oil, and the MR measure-
ments with and without magnetic field are presented and discussed. All three sets of
measurements were performed four times under the same operating conditions, with the
figures in this section showing the average of those four repetitions for the Stribeck curve
and the shaft locus (including eccentricity and attitude angle plots).

2.3.1 Stribeck curve

The experimental and numerical Stribeck curves as a function of shaft rpm are shown in
figure 2.8 for the reference and MR measurements. The experimental curves in figure 2.8a
show good repeatability, especially in the hydrodynamic regime where the error margins
are approximately equal in size for all lubricants. These error margins show the maximum
and minimum friction values that were recorded during the four repetitions, and looking
at all measurements the largest difference is less than 0.0014 (for the reference measure-
ment). In the mixed regime the differences between the repeated measurements are much
larger, which could be related to the stochastic nature of mixed lubrication. The transition
between the hydrodynamic and mixed regimes is well-defined for the reference measure-
ment, but it is much more gradual for the MR measurements. This could be explained by
the presence of the particles in the MR fluid, which have varying diameters. When the
speed of the shaft is decreased, at first only the largest particles will cause contact between
the bearing and the shaft, but when the speed is lowered further this will occur more and
more often and for smaller particles. This could lead to the gradual friction increase ob-
served in the experiments.

Looking at the data in more detail, it is clear that the oil-lubricated reference bearing
displays the lowest transition speed at around 50rpm (with the transition speed defined as
the speed where the coefficient of friction (CoF) is minimal). However, while the MR meas-
urements with and without magnetic field show a substantial transition speed increase
compared to the reference measurement, the transition speed of the MR measurement
with a magnetic field present is lower than that of the measurement without magnetic
field. The difference in transition speed is about 50rpm, or a decrease of about 25% go-
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Figure 2.8: a) Experimental Stribeck curves for the reference and MR measurements, showing the difference in
transition speed between the tests. The maximum and minimum friction values recorded during the repeated
measurements are indicated by the shaded regions, while the average value is indicated by the dotted line. b-d)
The experimental Stribeck curves together with the numerically calculated friction coefficients in the hydro-

dynamic regime (solid lines), shown respectively for b) oil lubrication, c¢) MR lubrication without magnetic field
and d) MR lubrication with a magnetic field>.

ing from around 200rpm without magnetic field to around 150rpm with field. This clearly
shows that the applied magnetic pattern from figure 2.6 successfully increases the load
capacity of the bearing at low speeds, although it should be noted that even then, the
transition speed of the oil-lubricated reference bearing is around 66% lower still.

When examining the CoF in the hydrodynamic regime, however, something interest-
ing can be seen. Starting at speeds larger than about 225 to 250rpm, the CoF of both of
the MR measurements drops below the CoF from the reference measurements. At 500rpm,
this results in an average CoF of 0.0047 for MR-lubrication with magnetic field, which is al-
most 30% lower than the average of 0.0065 recorded with oil lubrication. At higher speeds,
this difference will become even larger. Meanwhile, the effect on the CoF of applying the
magnetic field to the MR-lubricated bearing is limited, resulting in an average increase of
only 14% compared to the situation without magnetic field.

The explanation for why the MR measurements show increased transition speeds and
decreased CoFs is simple. As can be seen in figure 2.4, the base viscosity of the MR fluid (at
high shear rates) is about half that of the standard lubricant. Lubricating a bearing with a
lower viscosity lubricant results in a lower load capacity (and therefore a higher transition

*Footnote not present in original publication - Please note that due to a difference in definitions (average instead
of maximum field strength), the magnetic field of 160kAm™! that appears in figures 2.8, 2.9, and 2.10 in this
chapter is identical to the magnetic field of 370kAm™! that appears in chapter 5.
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Locus plot
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Figure 2.9: The experimental (Exp.) and numerical (Num.) shaft loci for the reference and MR measurements. The
small black circle indicates the centre of the bearing, the larger black circle indicates the inner bearing surface.

speed), but also in lower friction, which is exactly what is being shown by the current res-
ults. This explanation is confirmed by the numerical results in figure 2.8b, which were
calculated using the viscosity data from figure 2.4 and show the same trends. In fact, the
fluid viscosity was the only difference between the simulations for oil lubrication and MR
lubrication without magnetic field, which are shown in figures 2.8b and 2.8c respectively.
There are some deviations between the friction values in the simulations and experiments,
specifically, at high speeds the simulations seem to predict larger friction values than were
found experimentally. This can likely be attributed to the Newtonian and isothermal ap-
proximations that were used during the simulations, but this will be discussed in more
detail in section 2.3.2.

The results that were obtained could not have been achieved with a standard commer-
cial MR fluid. Prior research on hydrodynamic lubrication with these fluids has generally
concluded that while they increase load capacity, the increase in friction can be quite high
and is generally undesirable [21, 22, 39]. Furthermore, the friction issue is exacerbated
by the fact that most often the entire fluid film is magnetised. By locally magnetising
the film, additional parameters controlling the shape, strength, and position of the mag-
netic pattern are introduced, which can be tweaked to influence both the load capacity
and friction changes [30, 46]. Combine this with a lower viscosity MR fluid with fewer
particles (described in section 2.2.2), and the current research shows that the result can
be an MR-lubricated bearing that experiences less friction (at high speeds in the hydro-
dynamic regime) than its oil-lubricated counterpart, while still allowing for a transition
speed decrease through the application of a magnetic field. It should also be noted that
the specific modified MR fluid and magnetic pattern used in this research could still be
optimised further. For example, by increasing the viscosity (base, magnetised, or both) of
the MR fluid, or by increasing the strength and magnetised area of the magnetic pattern,
it might be possible to create an MR-lubricated bearing that has both a lower transition
speed than, and lower or comparable friction to, a bearing lubricated with mineral oil.

2.3.2 Shaft locus

Next to the friction coefficient, the experimental and numerical shaft loci were also ob-
tained for both the reference and MR measurements, as shown in figure 2.9. The shaft
locus (the position of the shaft inside the bearing) is plotted as a function of the shaft
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Figure 2.10: The a) experimental and b) numerical eccentricity values for the reference and MR measurements.
In subfigure a, the maximum and minimum eccentricity values recorded during the repeated measurements are
indicated by the shaded regions, while the average value is indicated by the dotted line.

speed, and for all measurements the points closest to the bearing centre correspond to the
highest speed (n = 500rpm), while the points on the clearance circle correspond to speeds
at or below the transition speed. The locus gives an indication of the film thickness for a
specific speed, the closer it is to the centre of the bearing, the thicker the film.

Looking at the experimental results, the shaft locus measurements make sense consid-
ering the friction coefficient results discussed in the previous section. The higher viscosity
mineral oil used for the reference measurements resulted in a lower transition speed due to
an increased load capacity, which translates to thicker films compared to MR lubrication.
This can also be seen in figure 2.10, which shows that for all speeds, the eccentricity is
lower with oil lubrication. Similarly, comparing the MR measurements with and without
magnetic field shows that applying the magnetic field also lowers the eccentricity, again
corresponding to the transition speed decrease seen in figure 2.8.

The same general trends are shown by the numerical results. The agreement between
experiment and simulation is quite good for the reference measurement, with the numer-
ical locus roughly following the same path as the experimental locus. The numerical model
does predict lower eccentricities, especially at higher speeds, which might be caused by the
isothermal approximation for the fluid film as was mentioned in the last section. If thermal
effects were taken into account, the higher heat generation at higher speeds would results
in lower viscosities and therefore higher eccentricities and lower friction values. The ac-
curacy of the model is less good for the MR measurements, with the model underpredicting
eccentricity and overpredicting attitude angle, but the general trend of higher eccentricity
and lower attitude angle for MR lubrication (compared to oil lubrication) can still be seen.
The larger deviations of the numerical model for the MR measurements are not surprising,
since the model does not take shear-thinning into account, which is much more important
for MR fluid than for oil as can be seen in figure 2.4. Taking this non-Newtonian effect into
account would likely result in lower viscosity near the region of minimum film, where the
shear rate is relatively high due to the small film thickness. The overall effect would then
be a lower load capacity, and likely a better match with the experimental results.

One thing of note in the locus plot, is that the simulation predicts an attitude angle
larger than 90° for oil lubrication at the highest speed of 500rpm. This seems to be related
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to the combination of a relatively low load (2.5kN/0.5MPa), together with the positive dis-
placement pump that supplies a constant flow of lubricant to the two inlets at 90° and —-90°.
Due to the constant flow rate, the numerical model predicts a relatively high inlet pressure,
and for the highest speed this pressure is even similar in value to the film pressure at min-
imum film. This is likely the cause of the relatively high attitude angles, since modelling
the bearing with constant pressure inlets that provide oil at ambient pressure, results in
attitudes angles well below 90°. While it is known that a high speed, lightly loaded bearing
operating close to 90° can suffer from unstable whirling of the shaft [3, 53], this was not
observed during any of the measurements.

An attempt was made to perform measurements at higher loads as well (1 - 2MPa),
but it was quickly discovered that this resulted in severe wear to the bearing, even after
only one or two Stribeck measurements at these loads. This wear resulted in a groove
in axial direction near the location of minimum film with a depth of up to 10um, which
was enough to noticeably modify the shape of the locus at low speeds. For this reason,
these results were discarded. The damage was likely caused by abrasive wear due to the
presence of the iron microparticles in the contact zone, which is a known phenomenon
[54, 55]. This would also explain why the eccentricity at low speed became slightly larger
than 1 for both MR measurements (figure 2.10a). Apparently, even at the relatively low
load of 0.5MPa that was used during the tests, some wear did build up over the course of
multiple separate Stribeck measurements with MR lubrication, resulting in a small groove.
This phenomenon is currently being investigated by the authors.

2.4 Conclusion

The current research has shown experimentally that it is possible to lubricate a hydro-
dynamic journal bearing with a magnetorheological (MR) fluid, and at the same time ob-
tain friction values lower than that of the reference oil lubricated bearing. This was done
without losing the capability to reduce the transition speed of the MR-lubricated bearing
by applying a local magnetic field near minimum film. This is in contrast to literature,
where it is generally reported that MR-lubricated bearings have much lower transition
speeds, but also much larger friction values due to the high viscosity of MR fluids. The
results in this research were obtained by locally magnetising the fluid film, and by lubric-
ating the bearing with a modified version of a commercial MR fluid with reduced particle
content and lowered base viscosity. This modified MR fluid is also less viscous (without
magnetic field) than the reference oil that was tested, explaining why the oil lubricated
bearing has a lower transition speed, but also experiences more friction. These results
were confirmed by the numerical finite element model made in COMSOL® Multiphys-
ics, which predicts the same trends as were observed in the experiments. The accuracy
of this model could further be improved by taking shear thinning into account using the
generalised Reynolds equation.

Overall, it can be concluded that MR fluid lubrication of journal bearings does not
necessarily have to increase the friction coefficient of the bearing. The next step would
therefore be to try and find a combination of an MR fluid and a localised magnetic field
that results in both a lowered transition speed and a minimal friction increase, combining
the benefits of the traditional MR fluids with a strong magnetic response and the modified
MR fluid with lower viscosity.
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Addendum - shear-thinning model

After the publication of the investigation described in this chapter, development was star-
ted on an improved numeral model capable of taking the shear-thinning characteristics of
an MR fluid into account. This model will be presented in the next chapter, and was used
for the remainder of the project (specifically in chapter 5). The model was also applied
to the bearing discussed in this chapter, those results will be presented in this addendum
and will be compared to experimental results and the original Newtonian model. In this
model, the shear-thinning viscosity of the MR fluid as a function of the shear stress 7 is
given by the Herschel-Bulkley relation (equation 2.9). Here the parameters K, m, and 7,
depend on the magnetic field strength H as in equation 2.10, which is derived in section
5.2.3. The values of the constants in this second equation are shown in table 2.2 for the
MR fluid used in this chapter.

Km|7|
- T
£(#-5)" 29
fo 1 if |7]=1,
0 if |7]<«t
C=cerflc;(H-c3))+ ¢4 (2.10)

Figure 2.11 shows the experimental and (Newtonian) numerical Stribeck curves and
eccentricity values previously presented in figures 2.8 and 2.10, as well as the curves res-
ulting from the new shear-thinning model. Comparing all of these curves clearly shows
that the shear-thinning model offers an improvement over the Newtonian model in all as-
pects, with both the friction coefficients and eccentricities lying closer to the experimental
values. The improvements are larger for the case with the local magnetic field applied (fig-
ures 2.11b and d) than the case without a magnetic field (figures 2.11a and c), this could
be due to the isothermal approximation which is still used for the shear-thinning model.
Specifically, when the temperatures of the MR fluid increase, the viscosity will reduce less
quickly when a magnetic field is applied to the fluid (see figure 2.4). As a result, if the
film temperature was higher during the experiments than what is currently assumed in
the models, the shear-thinning model would predict a larger increase in eccentricity for
the unmagnetised case. The exact same effect has also been observed in later experiments,

Table 2.2: Coeflicient values for the magnetic field strength—
dependent Herschel-Bulkley viscosity fit of the diluted MR fluid
at 32°C used in this chapter.

C  Unit ¢ [ c3 cy

r, Pa 1527 8.560x107°  2.151x10* 1424
K Pa-s" 05078 5590x107°  2.244x10°  0.6139
m - 0.06504 1.587x107°  7.901x10*  1.169
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and will be discussed in more detail in section 5.3.3. Next to the film temperature, the
wear groove in the experimentally tested bearing sleeve (discussed at the end of section

2.3.2) also explains part of the difference between the model and experiments, but this is
true for the Newtonian model as well.
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Figure 2.11: Stribeck curves (subfigures a and b) and eccentricity values (subfigures ¢ and d) for the reference
and MR measurements, as well as the results of the Newtonian and shear-thinning models.
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Modelling MR fluids

In the previous chapter the MR-lubricated bearing was modelled with the standard Reyn-
olds equation, assuming a Newtonian lubricant. However, literature and the rheometer vis-
cosity measurements have shown that MR fluids are strongly non-Newtonian, with shear-
thinning characteristics that change with the strength of the applied magnetic field. Reynolds
equation—based models that can include these effects are already available, but take much
longer to solve than the standard Reynolds equation due to several integral terms that are
solved numerically for every iteration of the solution process. This chapter presents a method
for analytically evaluating these integral terms, resulting in a faster solution process without
any loss of accuracy. This new procedure will allow for faster predictions of the results of
changes made to the MR fluid or magnetic field, and for easier optimisation studies.

This chapter previously appeared as G. H. G. van der Meer and R. A. J. van Ostayen, ‘Efficient solution method for
the Reynolds equation with Herschel-Bulkley fluids’, Tribology International, vol. 204, p. 110460, Apr. 2025.
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Abstract

Thin film lubrication problems frequently involve lubricants with non-Newtonian charac-
teristics, and a relatively simple viscosity model that can describe several non-Newtonian
fluids is the Herschel-Bulkley relation. This relation can model solid-like properties of
a lubricant at low shear stress using a yield stress, while at higher shear stress values
shear-thinning or thickening can be included. In literature, this viscosity model has been
combined with various governing equations to solve the non-Newtonian thin film prob-
lem, resulting in models that range from full 3D CFD simulations, to 1D Reynolds equation
based methods. However, something that all of these approaches have in common is that
they are either computationally expensive, can only be used for 1D geometries, or use
non-exact, regularised versions of the Herschel-Bulkley model for reasons of numerical
stability. This paper therefore introduces a method for solving a thin film problem with a
non-regularised Herschel-Bulkley lubricant using the 2D generalised Reynolds equation,
and this approach is shown to be fast without compromising on accuracy. The increased
speed will allow the model to be used more efficiently in complex simulations or design
optimisation scenarios.
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3.1 Introduction

he increasing demands placed on bearing systems, such as stern tube bearings found
T in ships, require hydrodynamic bearings that can function at higher loads and with
lower friction, for both lower and higher speeds. For these increasingly stringent goals
to be met, fast and accurate numerical models that can for example be used in design
optimisation studies, are essential. One aspect of a good model is a proper understanding
of the behaviour of the lubricant, which is frequently assumed to be Newtonian. However,
even more traditional oils and greases can display non-Newtonian behaviour [56, 57], and
these non-Newtonian effects are even more important when considering newer ’smart’
lubricants, such as magnetorheological fluids [35]. It is clear that Newtonian models do
not suffice in these cases, and non-Newtonian effects will have to be taken into account
to obtain an accurate model.

In order to include the non-Newtonian effects of the lubricant, a viscosity model is
needed which describes the relation between the shear stress and the shear rate of the lub-
ricant. Many different empirical viscosity models for non-Newtonian fluids can be found
in literature. Three of the simpler models, all with only 2 or 3 parameters, are the Bingham
plastic model, the Ostwald-de Waele model or power law model, and the Herschel-Bulkley
model. A Bingham plastic is a fluid with a yield stress, which means that the fluid is con-
sidered a solid when the internal stress is below the yield stress, and that the fluid behaves
like a Newtonian fluid otherwise. The part of the fluid flow domain that behaves like a
solid is also called the plug or the core. This Bingham plastic model is quite popular due to
its simplicity, and has for example been used to model grease-lubricated bearings [58, 59],
as well as magneto- and electro-rheological lubricants [6, 11]. An overview containing
a large number of other applications from various fields has been created by Bird et al.
[60]. In contrast to the Bingham plastic, a power law fluid does not have a yield stress,
but is one of the simpler models that includes the effects of a shear-dependent viscosity.
It has frequently been applied to model a wide variety of shear-thinning (pseudoplastic)
and shear-thickening (dilitant) lubricants [61, 62]. Finally, the Herschel-Bulkley model
combines the Bingham plastic and power law characteristics and can therefore represent
a fluid with both a yield stress and a shear-dependent viscosity. Depending on the lubric-
ant, using this more general model can lead to a better match between simulations and
experiments, but it will results in more complex numerical models that are less likely to
converge [63-65].

Next to the viscosity model itself, a modelling approach is needed to combine the vis-
cosity model with either the Reynolds equation or the Navier-Stokes equations. A number
of different approaches can be found in literature to do this for bearing systems.

One approach is to derive modified Reynolds equations for the different cases of core
formation of a Bingham plastic (i.e. a core sticking to one of the bearing surfaces, a floating
core, or no core formation at all). This was first done by Wada et al. who derived implicit
2D Reynolds equations for a Bingham plastic, that they applied to a step bearing and a
journal bearing [66-68]. Later on, Tichy managed to derive explicit Reynolds equations
for the different core cases of a 1D Bingham plastic flow [69]. The disadvantage of these
methods is that it can be difficult to find explicit Reynolds equations for all cases of core
formation, especially in 2D flows. The advantage is that once the equations have been
found, convergence is fast.
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Another approach that is commonly used is based on the generalised Reynolds equa-
tion introduced by Dowson [70]. Because this more general variant of the standard Reyn-
olds equation allows for viscosity variations over the height of the lubricant film, it can be
used to properly account for non-Newtonian effects. An oft-cited paper that implements
this method in 2D for a Bingham plastic was published by Dorier and Tichy [40]. By
using the generalised Reynolds equation they did not have to define separate equations
for the different core cases, however, they did have to implement a regularisation of the
Bingham plastic model to prevent convergence issues due to the discontinuity in the vis-
cosity caused by the yield stress. Many similar publications, also ones using power law
models and regularised variants of the Herschel-Bulkley relation, can be found in literat-
ure [23, 63, 71-74]. It should be noted that while this approach does not require multiple
equations for the different core cases, a (slightly) modified version of the original problem
is being solved in case a yield stress is used, because of the regularisation that has to be
applied to those viscosity models. It is also known that regularisation of yield stress viscos-
ity models can lead to incorrect predictions for the location of the core [75]. Furthermore,
the solution process is computationally expensive for this approach, due to several integral
terms in the generalised Reynolds equation that are evaluated numerically in most papers.
Lampaert and van Ostayen found analytical solutions for these integrals in the case of a
Bingham plastic, drastically reducing the required computation time [76]. By tracking the
location of the core they also managed to circumvent the need for regularisation, while
still only having one equation for all cases of core formation.

A final approach of including non-Newtonian effects in lubrication problems is to use
CFD, solving the full 3D Navier-Stokes equations. This has been done by several research-
ers for various viscosity models, and generally gives good results [21, 39, 77]. The obvious
disadvantage is that this method requires solving the Navier-Stokes equations, which is
very computationally expensive.

In summary, there is quite a large body of research on the inclusion of non-Newtonian
effects in the modelling of lubricating films. However, as far as the authors have been
able to find, there is a lack of fast, 2D Reynolds equation based implementations using
non-regularised viscosity models (other than Bingham plastic). The goal of this paper
is therefore to show that it is possible to speed up the solution process of the general-
ised Reynolds equation in combination with an exact, non-regularised Herschel-Bulkley
viscosity model, following a method similar to the one employed by Lampaert and van
Ostayen [76]. To make the resulting model more relevant to real world (journal) bearings,
mass-conserving cavitation will be taken into account as well.

3.2 Method

In this paper, the generalised Reynolds equation introduced by Dowson [70] is used as
the basis for modelling a laminar thin film flow of a Herschel-Bulkley fluid. The method
section will first introduce the characteristics of these specific non-Newtonian fluids, fol-
lowed by a derivation of the generalised Reynolds equation. Next, a more efficient way
of solving this equation in combination with a Herschel-Bulkley fluid is derived. Finally,
the numerical implementation in COMSOL Multiphysics® [51] will be discussed and val-
idated.
The bearing geometry that will be analysed in this paper is shown in figure 3.1.
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Figure 3.1: Schematic overview of the problem geometry, in this case for a journal bearing. The two surfaces are
marked as A and B.

3.2.1 Herschel-Bulkley viscosity model

The governing equations and boundary conditions in this paper are made dimensionless
using the groups below. The quantities with a bar (e.g. x) have dimensions, the quantities
without bar are dimensionless. Note that similar notation is used for 2D vectors with an
x and y component, which are indicated with an arrow (e.g. 7).

x 7 z L h i i
CTRYTR TRy TR TR T
h: hy 1
p= =p, t=——1=T.T, q=5—¢
o Up Mo Up ho g

Here x and y denote the in-plane coordinates, z the coordinate normal to the lubrica-
tion film, A the local film height, 7 the viscosity, u the fluid velocity, p the pressure, 7 the
shear stress, and g the flow rate. The z-coordinate is defined to be between 0 (for lower
surface a) and 1 (for upper surface b). These quantities were made dimensionless using
several constants, where R is the shaft radius, P_zo the nominal film thickness, and 7, and
iy are reference values for the viscosity and velocity respectively.

The Herschel-Bulkley model is a non-Newtonian viscosity model that describes a fluid
that has a yield stress and is either shear-thinning or shear-thickening for shear stresses
above this critical yield stress. For this model the relation between the shear stress 7 and
the velocity gradient (the shear rate) 9i1/dz is described by equation 3.1, with the three
parameters being the yield stress 7,4, the consistency index K, and the flow index m.

When the shear stress is lower than the yield stress (|¥| < 7y1q) the fluid is considered to
be solid, and shear stress larger than the yield stress leads to viscous flow. The type of
viscous flow is determined by the flow index, with the fluid showing pseudoplastic (shear-
thinning) behaviour for m < 1, and dilatant (shear-thickening) behaviour for m > 1.

For 7))y # 0 and m = 1 the Herschel-Bulkley model reduces to the Bingham plastic
model. For 7,y =0 and m # 0 the model reduces to a power law model. Finally, when
both 7;;4 = 0 and m = 1, the model reduces to the Newtonian model.

- m

3.1)

7] = Tyg + K

oz
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The Herschel-Bulkley model can be rewritten using equation 3.2, where both the shear
stress factor f (equation 3.3) and the apparent viscosity 1 (equation 3.4) will be given as
functions of the shear stress magnitude. This will prove useful later on in the derivation.
The equations are made dimensionless at the same time.

L nou -
fr= 9z 3.2)
ld
/- (1—y—) 7 ()
(3.3)
cr=ny )1 if |?|2Tyld
f(|T|)_gO if |?|<Tyld
kn|7(n
== (3'4)
Mo TT

3.2.2 Generalised Reynolds equation

This section presents the derivation of a generalised Reynolds equation that can be used to
solve non-Newtonian lubrication problems. Following the derivation of Dowson [70], the
linear momentum equation for a laminar thin film flow with negligible body and inertial
forces is given by equation 3.5. In this equation p is the pressure, 7 is the shear stress,
and V = [9/dx,d/ dy] is the gradient operator. Note that the dimensionless film thickness
h appears only due to the non-dimensionalisation chosen in this paper.

5 1907 (35)
" hoz ’

Integrating once over the film thickness coordinate z leads to an expression for the
shear stress 7 (equation 3.6), with 7, the as of yet unknown integration constant.

T=zhUp+7, (3.6)

The next step is to substitute for 7 in this equation using equation 3.2, and to integrate
over z again. Combined with the standard no-slip boundary conditions for the flow velo-
city (i = 1, at z = 0 and 4 = 1}, at z = 1), this leads to equations 3.7 and 3.8 which represent
the flow velocity % and the constant part of the shear stress 7, respectively (7, is also the
shear stress at z = 0). Note that it should also be possible to include slip boundary condi-
tions without fundamentally changing the derivation that follows. For this, the reader is
referred to [78], where Navier slip is added to the generalised Reynolds equation.

z z
=h2§pJ ]—czdz+h?c J idz+ﬁa (3.7)
on o

Ijb - ua Fl N
—V 3.8
e (3.8)

Tc =
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The flow factor integrals F, and F; that appear in equation 3.8 are defined by equation
3.9, where n can be either 0, 1 for Fy and Fj, or 2 for F, which is used in the relations that
follow.

f
F, = J =z"dz (3.9)
0"

The flow rate through a cross-section of the film ¢ can be obtained by integrating the
flow velocity u over the channel height. Using integration by parts and substituting for 7,
results in equation 3.10.

g=-m(E Flz% AT (3.10)
=- -—= + -—=)up+h—u .
q 2 F, p Fy b Fy a
Finally, substituting for ¢ in the mass balance equation (equation 3.11) will result in
the generalised Reynolds equation. Here 1 is the lubricant fraction that is used to take
cavitation into account.

V(g =0 (3.11)

Cavitation algorithm

In this paper, cavitation is modelled using the mass-conservative JFO boundary conditions
[52]. These boundary conditions are implemented with a variable transformation that is
used to replace both p and ¢ with functions of a new variable ¢ (equations 3.12 & 3.13).
By assuming that at any point in the fluid film, the lubricant is either in a full film region
(p >0, ¥ =1) or in a cavitated region (p = 0, 0 < i < 1), the Reynolds equation can be
solved for a single variable & that represents either the pressure or the lubricant fraction,
depending on its sign.

p=(£=0)¢ (3.12)
Y=1+(£<0)csé (3.13)

A numerical stabilisation technique is required to properly solve the generalised Reyn-
olds equation in combination with this cavitation algorithm. For that reason artificial dif-
fusion will be used in both the streamline and crosswind directions (x and y). The amount
of cavitation can be controlled with the transformation constant c¢. Appendix 3.A dis-
cusses the implementation of the numerical stabilisation algorithm, as well as an optimal
value for ¢, resulting in equation 3.14 when assuming isotropic diffusion.

2
(-n3(r,- 0 ﬁgﬂ//hl—i ﬁ+1//hifi =0 (3.14)
2 FO FO b FO a .

3.2.3 Analytical evaluation of flow factors integrals

The generalised Reynolds equation (equation 3.11) is sufficient to determine the pressure
profile for a thin film flow of a non-Newtonian lubricant. This equation has to be solved
together with the flow factor integrals (equation 3.9), since these integrals depend on the
shear stress and therefore on the pressure gradient. As was discussed in the introduc-
tion, this calculation has been performed previously for various viscosity models, both
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z Surface b (z = 1)

Surface a (z = 0)

|7

Figure 3.2: A schematic representation of the shear stress magnitude |7| over the film height. The minimum shear
stress |7,,| and the z-coordinate of the minimum shear stress z,, are indicated. The red part of |7| (above z = z,,)
corresponds to the positive solutions of equation 3.20, the blue part (below z = z,,) corresponds to the negative
solutions.

with and without cavitation. However, in almost all of these papers the calculation of the
flow factor integrals seems to be performed using numerical integration, and an analyt-
ical solution has only been found for Bingham fluids [76]. Since these integrals have to
be evaluated at every single point in the domain, for every iteration of the solver, this is
a fairly computationally expensive part of the calculation. In this section it will be shown
that it is also possible to analytically evaluate the three flow factor integrals Fy, F; and F,
for a Herschel-Bulkley fluid, removing the need for slow numerical integration.

In order to analytically evaluate the flow factor integrals, they have to be written to a
different form. Currently these integrals, as given by equation 3.9, are integrated over the
film thickness coordinate z. For the analytical evaluation it is necessary to rewrite them
such that the integration is performed over the shear stress |7|. This is done in equation
3.15, where |7}| and |7, are the shear stress magnitudes on the upper and lower surfaces
respectively.

‘Tblf 0z .
Fn:J Lan—d7| (3.15)
7 n ol

Evaluating equation 3.15 requires z as a function of |7, as well as the partial derivative
dz/dt. To find these quantities, the shear stress magnitude should be determined first.
This can be done using equation 3.6, and results in equation 3.16.

2 = 2R pf + 22h(Tp-7,) +|Z)° (3.16)

With the (square of the) shear stress magnitude known, the z-coordinate of the min-
imum shear stress z,, can be determined (equation 3.17), as well as the minimum shear
stress magnitude |7,,| (equation 3.18). See figure 3.2 for a visual representation of the
shear stress magnitude and the minimum shear stress. Note that this transformation is
ill-defined when |§p| — 0, which is the case (most notably) in the cavitation region. This
case will be treated at the end of this section.

6pi:c
hVp|?

Zm =

(3.17)
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S L
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Equation 3.16 for the shear stress magnitude can now be rewritten using equations
3.17 and 3.18, resulting in equation 3.19.

2 > 2 d
17" = 12" + h2(2 - 2,)*[Vp|? (3.19)

Rewriting equation 3.19 then leads to z as a function of |7|, which can be used to
calculate the partial derivative 9z/9|7| (equations 3.20 and 3.21 respectively). Because the
shear stress magnitude is symmetric around the minimum shear stress, both equations
have two solutions.

1 -2 > 2 1/2
Z=ZmiT<|T| -7 ) (3.20)
h|Vp|
z 1 7|
— - (3.21)

Equations 3.20 and 3.21 can now be substituted into the flow factor integrals (equation
3.15). However, z and its derivative are both multivalued functions of |7|, which means
that these functions have two solutions for every value of |7|. As a results, the bounds of
the integral in equation 3.15 are not uniquely defined and the integral cannot be evaluated
directly. The following paragraphs describe how to modify the integral such that it can be
evaluated.

Since the shear stress magnitude has a minimum (equations 3.16 through 3.19), it is
known that |7,,| < |7| < co. Therefore, instead of integrating directly from |7, to |7;| as in
equation 3.15, it is better to split the integral at |7,,|, resulting in equation 3.22.

(7] 7]

n = iz"a—fd|?| - iz”a—fd|?| (3.22)

iz, m ol iz, m ol

Looking at equation 3.20 with the knowledge that |7,,| < |7| < o, it is clear that the
positive solutions corresponds to z,, < z < o0, and the negative solutions to -0 < z < z,.
This means that for the integrals in equation 3.22, the sign of z and 9z/9|7| depends only on
the z-coordinate of the surface represented by the upper bound of the integrals. Taking the
situation in figure 3.2 as an example, here upper surface b lies above z,,,, meaning that the
first integral in equation 3.22 requires the positive solutions of z and 9z/8|7|. Meanwhile,
the second integral requires the negative solutions, since lower surface a lies below z,.

For this reason, equation 3.22 can be rewritten to equations 3.23 through 3.27. Equation
3.26 shows that the + signs from equations 3.20 and 3.21 have been replaced with the sgn
function, which is equal to 1 for a positive argument, and -1 for a negative argument.

K= fO (3.23)
Fi=fi+zmfo (3.24)
Fy= fo+2zpmfi+ 20 fo (3.25)
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n+1
fo= (;) (sgn(l -zn)" g, (7)) - sgn(0-z,)" g, (I?a|)> (3.26)
hlvpl
T f n-1

a@= [ LR(E -Fl) 7 ar (27)
One final step that is necessary for the analytical evaluation of the flow factor integrals
given by equation 3.27 concerns the lower bound of the integrals, |7,,|- Since a Herschel-
Bulkley fluid has a yield stress, it is possible for the minimum shear stress to be lower
than the yield stress (|7,,| < 7y14). However, for the analytical evaluation to be possible,
the assumption has to be made that both bounds of the integral are larger than 7,,;4. To
ensure this, and knowing that f = 0 for any |7| < 7y14 (equation 3.3), the lower bound of

equation 3.27 will be replaced by |?P| which is defined by equation 3.28.

Tl

. T if |7,|=1
‘Tp _ §| m| . |_>m| yld (3.28)
Ty i [Tl < 7y1a

Using equation 3.28 and substituting for f and 7 (from equations 3.3 and 3.4 respect-
ively), equations 3.26 and 3.27 can now be changed to equations 3.29 and 3.30.

Tr ’70
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hVp|
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Note that equation 3.30 contains the f* term from equation 3.3. As a results, if either |7,| or
|7p| is smaller than the yield stress 7y14> the corresponding integral g,(r) will be equal to
zero. In a real bearing this would be the situation where the solid part of the fluid adheres
to the surface where the shear stress is lowest.

The integral given by equation 3.30 has been integrated analytically using a software
package for symbolic mathematical computation [79]. The indefinite variant of equation
3.29 was evaluated for n = 0, 1 and 2, resulting in equations 3.31, 3.32 and 3.33 respectively.

T

1
1+— >
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17|+ 7y1a
X =5
[Tl + 7y14
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(3.34)

These analytical evaluations of the integrals are valid considering the following as-
sumptions:

0
0

v

1. 7y14
2. |7l
.17 = Ty
4. |7| [Tl

Finally, before continuing with the analysis of the resulting equations, it should be
noted that the analytical evaluation of the flow factor integrals is not possible in the limit
where [Vp| — 0. However, it is not necessary either, since in this case the shear stress is
constant (|7] = |7,|, see equation 3.16), which means f and r are constant as well and can be
moved outside of the integral in equation 3.9. The integral then becomes trivial to solve,
resulting in equation 3.35, which can be used to calculate the flow factors in the cavitation
region.

v

v

1 f(Izeh

n (|7

if |[Vp|=0 (3.35)

n

Appell F1 function

It turns out that while the analytical evaluation for g is trivial, the evaluations for gy and
g are more complicated. These depend on the Appell hypergeometric function of the
first kind, AppellF1(a, 8,8, y,x’,y’), which is well-defined by an infinite series [80]. In
literature, Appell functions have for example been found in the solution of integrals ap-
pearing in Feynman diagrams from quantum mechanics [81], and in the Watson integrals
that characterise lattice random walks in biology [82].

Implementing the Appell F1 function using the infinite series is a complex procedure,
since the series is only convergent for |x’| < 1 and |y’| < 1. Additional mathematical ana-
lysis is required to evaluate this series for other values of x” and y’, and only one example
of such an implementation could be found in literature [83]. An alternative method has
been used in this paper, which solves a simple integral representation [84, 85] of the Appell
function 3.36. In this equation I' is the standard gamma function.

I(y)
() (y - @)

This integral is valid as long as the conditions below are satisfied, which is the case for all
positive values of the flow index m (see equations 3.31 and 3.33).

1
AppellF1(a, BB, .5, y') = j WAl a1 (1 ) B - wy) P dw  (336)
0

1. R(a) >0

2. R(y-a)>0
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A disadvantage of the integral representation is that numerical integration will be
required to solve the Appell function. The analytical evaluation of the flow factor integrals
is therefore no longer fully analytical, seemingly defeating its purpose. However, the
Appell function is a known and well-defined mathematical function (in contrast to the
flow factor integrals themselves). The use of the integral representation and numerical
integration to calculate it, is therefore purely a limitation imposed by the poor availability
of faster Appell function implementations based on the infinite series.

In order to show the potential of the analytical evaluation of the flow factor integrals
in combination with a fast Appell function, lookup table approximations of the function
were created. Two Appell function lookup tables are required, one for equation 3.31 where
B =p =0.5, and one for equation 3.33 where = ' = —0.5. For the creation of these
lookup tables, the flow index m was assumed to be constant (different values of m will
therefore require the lookup tables to be recalculated). The remaining arguments, x” and
y’, can vary between —oco < x” < 1 and -0 < y’ < oo respectively (see equation 3.34). For
the lookup tables the range of these variables will be limited to -1 x 10™* < x” < 1 and
-1x107* <y’ < 1x 1074, which was found to be sufficient for the simulations carried out
in this paper (equation 3.36 will be solved numerically at runtime for values of x” and y’
outside of this range). The tables contain 240 by 480 values (for x” and y’ respectively),
which logarithmically approach the singular point (1,1) to within 1 x 107, Cubic spline
interpolation is used to find values that are not contained in the table. Finally, this results
in two 2D lookup tables of x” and y’” which are both valid for a single value of m. Accessing
these tables takes a fraction of the time that is required for numerical integration, and will
therefore allow for fast solutions to the generalised Reynolds equation.

3.2.4 Software implementation

The system of equations that describe a Herschel-Bulkley lubrication film are solved using
the commercial FEM software package COMSOL Multiphysics® 6.1 [51]. Two variants of
this model are solved in this paper. Both variants solve the generalised Reynolds equation
(equation 3.14) for the pressure p, this equation is implemented in COMSOL using a Gen-
eral Form PDE. In addition, the first variant, the numerical variant, solves equation 3.9 for
the flow factor integrals Fy, F; and F,. The integrals are evaluated using COMSOL’s nu-
merical integration routine integrate. The second variant, the analytical variant, instead
solves equation 3.9 together with equations 3.23 through 3.25 for Fy, F; and F,. In this case
the integral is evaluated analytically, and the resulting Appell functions are evaluated us-
ing lookup tables (see section 3.2.3). In both cases Dirichlet boundary conditions are used
to set the pressure on the outer edges of the computational domain to zero. Furthermore,
the symmetry of the bearing along the midline (y = 0.5) is used to find the pressure for
only one half of the bearing.

The same solver strategy with two steps is used for both variants. In both cases, equa-
tion 3.14 is solved in step 1 for a Newtonian fluid, with Fy = 1, F; = 1/2 and F, = 1/3. This
Newtonian solution is then used as an initial guess for the Herschel-Bulkley solver in step
2, which solves for both the generalised Reynolds equation and the flow factor integrals
at the same time. The flow factor integral derivatives are not included in the Jacobian mat-
rix*, which was found to result in much better convergence. The solver therefore simply

‘In COMSOL this can be achieved with the nojac operator.
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Table 3.1: Overview of the two sets of operating conditions used
for the validation of the model, as well as the conditions for the test
case used to compare the numerical and analytical variants of the

model.

Figure 3.3  Figure 3.4 Testcase Unit
D 100 50 50 mm
L/D 4/3 1 1 -
ho 145.5 235 100 pm
K&, 0.0127 - 0.1 Pas
Tyid 0 0.8 0.25 -
m 1 1 1.2 -
@ 48.1 - 26.2 rad/s
€ 0.61 0.31-0.71 03-0.7 -
¢ 0 0 /4 -
Peav 72139.79 - 101325  Pa

uses the flow factor function values from the previous step. A Newton-Raphson solver
with under-relaxation is used for both steps, in step 1 the relaxation factor is determined
automatically by COMSOL, in step 2 it is kept constant at a value of 0.2. Convergence
is assumed when the relative solution and residual errors are smaller than 1 x 1073, The
computational domain is discretised with a structured quadrilateral mesh, and unless men-
tioned otherwise the edge length of the elements is set equal to A, = 0.01 (100x50 elements),
which was found to be sufficient in mesh convergence checks using decreasing element
size. Quadratic Lagrange shape functions are used.

The Appell function that is required for the analytical variant is calculated by solv-
ing equation 3.36 using the integral function of MATLAB [86]. The script that performs
this calculation is based on an existing user-submitted implementation [87], and can be
found at [88]. The lookup tables of the Appell function are made using the griddedIn-
terpolant function in MATLAB. The resulting tables are created separately, before the
model is solved, and are saved as .mat files. When the model is solved with COMSOL, the
"LiveLink for MATLAB’ functionality can be used to call a MATLAB script that loads the
lookup tables and returns the requested values of the Appell function.

3.2.5 Model validation

To validate the correct implementation of the equations, the numerical variant of the
model will be compared with results found in literature for hydrodynamic journal bear-
ings. No papers discussing the use of the isothermal Reynolds equation with a Herschel-
Bulkley fluid model have been found, neither with nor without cavitation. For that reason
the cavitation and non-Newtonian aspects of the model will be validated separately. In
both cases the dimensionless film thickness h will be given by equation 3.37, where € is
the eccentricity of the shaft and ¢ the attitude angle.

h=1+ecos(x-¢) (3.37)
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Figure 3.3: The pressure profile in a journal bearing Figure 3.4: The pressure profiles for several eccent-
lubricated with a Newtonian fluid and with cavita- ricities in a journal bearing lubricated with a Bing-
tion taken into account. The operating conditions are ham fluid with cavitation implemented with the half-
shown in table 3.1. To match the dimensionless groups Sommerfeld boundary condition. The operating condi-
used in the figures from the references, the pressure is tions are shown in table 3.1.

scaled with the cavitation pressure, p.,,.

Figure 3.3 shows the pressure profile near the centreline of a journal bearing lubricated
with a Newtonian lubricant, the operating conditions are shown in table 3.1. The model
result is compared with the numerical result of Brewe[89] (who modelled cavitation using
Elrod’s algorithm [90]) and the experimental result of Jakobssen and Floberg [91]. The
pressure profile determined by the numerical variant of the model shows good agreement
with both results, and was found to be mesh convergent.

The second validation was performed for a journal bearing lubricated with a Bingham
fluid, which is identical to a Herschel-Bulkley fluid with the flow index m equal to 1. The
pressure profiles calculated by the numerical variant of the model for several eccentricities
are shown in figure 3.4, the operating conditions can be found in table 3.1. For comparison,
the numerical results obtained by Wada et al. and Gertzos et al. are shown [39, 66]. They
implemented cavitation using the half-Sommerfeld condition, for that reason the cavita-
tion implementation of the model was disabled and the pressure profiles are only shown
for the full film region of the bearing (0 < x < 0.5). Agreement between the model and the
results from literature is good, and the model was once again found to be mesh convergent.

3.3 Results and discussion

To show that the analytical variant of the model gives the same results as the numerical
variant, but does so much faster, both models will be applied to the same test case. The
operating conditions for this test case can be found in table 3.1, the test case describes a
journal bearing at several different eccentricities lubricated with a Herschel-Bulkley fluid.
The film thickness is once again given by equation 3.37. Figure 3.5 shows the resulting
pressure profiles at the midline of the bearing for five different eccentricity values, and
figure 3.6 shows the full 2D pressure profile for one of these eccentricities. The differ-
ences between the results of the numerical and analytical variants of the model are very
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Figure 3.5: The pressure profiles for several eccentri- Figure 3.6: The 2D pressure profile for an eccentricity of
cities in a journal bearing lubricated with a Herschel- 0.7, as calculated for a journal bearing lubricated with
Bulkley fluid with cavitation taken into account. The a Herschel-Bulkley fluid with cavitation taken into ac-
operating conditions are shown in table 3.1. count. The operating conditions are shown in table 3.1.

Table 3.2: The relative differences in peak pressure and load capacity between the numerical and analytical
variants of the model.

Eccentricity ¢ 0.3 0.4 0.5 0.6 0.7

Relative difference in peak pressure ~ 1.55x 107> 0.675x107°  0.118x10™  0.313x107°  0.113x107°
Relative difference in load capacity ~ 3.268x1077  4.088x1077  1.200x1077  0.623x107/  1.290x107°

small, and cannot be distinguished using figure 3.5. For that reason the figure shows only
the pressure profiles of one model variant, and the relative differences between the two
variants are shown in table 3.2 for the peak pressure and load capacity, with the load
capacity W being determined using equation 3.38.

W - (( J L pcos(x)dA)2 R (HS psin(x)dA)z)% (3:38)

The values in the table confirm that the differences between the variants are indeed
small, though they are not zero. This can be explained by the limited accuracy of both
the lookup tables, and of the numerical integration routine used in the numerical variant
of the model. The accuracy of both could be increased to reduce these differences, but
this would result in increasing storage sizes for the lookup tables, and increasingly long
calculation times for the integration routine.

All results shown up to this point were calculated for a mesh size of h, = 0.01, as
was mentioned in section 3.2.4. To check if the results produced with this mesh size are
accurate, it is necessary to establish whether the models are mesh-convergent. This is done
using the load capacity, by comparing the FEM results of both model variants with a good
estimate of the exact result. This estimate is obtained with Aitken’s extrapolation method
(also known as Aitken’s §2-process), which uses three successive values in a converging

*Footnote not present in original publication - A small mistake was made in writing down this equation, the surface
integral is written as [f; which means the differentials should be written as dS instead of dA.
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Figure 3.7: The relative error between the FEM- Figure 3.8: The computational time required to solve
calculated load capacity and an estimate of the exact the analytical and numerical variants of the model for
load capacity, as a function of the mesh size for an ec- five different eccentricities. The x-axis indicates the
centricity of € = 0.7. Only the line for the analytical number of degrees of freedom, as well as the corres-
variant of the model is shown. ponding mesh size.

series to calculate an improved estimate of the first value [92]. With this method, the
relative error between the FEM-calculated load capacity and the Aitken estimate can be
determined as a function of the mesh size. This error can be found in figure 3.7, proving
that the models are indeed mesh-convergent, and that the results are sufficiently accurate
with a mesh size of 0.01.

The previous results have shown that the analytical and numerical variants produce ef-
fectively identical pressure profiles. The only comparison left is therefore to check whether
the analytical variant is faster, as was claimed at the start of this paper. The required com-
putational times for both variants can be found in figure 3.8 as a function of the mesh size
and the number of degrees of freedom. This figure shows the time required to solve the
test case from table 3.1 for the five different eccentricity values from table 3.2. It is easily
seen that the analytical variant of the model is indeed faster than the numerical variant,
with the computational time being reduced by about a factor 2, independent of mesh size.
This demonstrates that the approach used in this paper, where the flow factor integrals
appearing in Dowson’s generalised Reynolds equation were evaluated analytically for a
Herschel-Bulkley fluid model, is an effective way of reducing the required computational
time without losing any accuracy.

3.4 Conclusion

This paper presents a method for efficiently solving the pressure profile in a thin film
flow of a non-Newtonian lubricant. Specifically, the 2D generalised Reynolds equation
has been used to include shear-dependent viscosity effects, which were modelled with the
Herschel-Bulkely model, allowing for both a yield stress as well as shear-thinning or shear-
thickening effects. Similar studies exist in literature, however, those studies generally use
computationally expensive numerical integration to evaluate several viscosity-dependent
integrals that appear in the generalised Reynolds equation. Furthermore, the Herschel-
Bulkley model is frequently regularised, to prevent convergence issues due to the discon-
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tinuity in the viscosity caused by the yield stress. It has been shown in this paper that
these integrals can also be evaluated analytically, and without the use of regularisation.
The resulting expressions depend on the so-called Appell F1 function, a well-defined but
relatively obscure mathematical function. Due to a lack of fast and robust implementa-
tions of this function, pre-calculated lookup tables were used instead, which only have to
be recalculated when the fluid properties are changed. The results produced by the final
model (which includes mass-conserving cavitation) agree with literature, and show that
the model produces effectively identical pressure profiles for both the numerically and
analytically evaluated integrals without regularisation. The only difference being that the
analytical variant does so about twice as fast, independent of mesh size. This decrease
in computation time means that the model can be used more efficiently than the existing
models, for example in design optimisation studies.

3.A Generalised Reynolds equation with cavitation

The cavitation algorithm used in this paper requires numerical stabilisation, otherwise the
convection-dominated nature of the cavitated region will result in oscillations in the pres-
sure solution. A simple and effective stabilisation technique is artificial diffusion (AD),
which was used by Alakhramsing et al. to stabilise the standard Reynolds equation[52].
This paper follows their derivation, but applies it to the generalised Reynolds equation in-
stead. Furthermore, isotropic diffusion will be used, with the diffusion coefficient for the
x-direction (streamline) being applied to the y-direction (crosswind direction) as well. The
amount of diffusion added to the crosswind direction will therefore be larger than neces-
sary, but while the effect on the pressure solution was found to be minimal, convergence
of the solver was much improved.

As was mentioned in the main text, a new variable ¢ is used to model both the pressure
p and the lubricant fraction . The equations defining these relationships are repeated
below.

p=(£=0)¢ (3.A.1)
Y=1+(§<0)csé (3.A.2)

Using equation 3.A.1 to substitute for the pressure in the generalised Reynolds equa-
tion (equations 3.10 and 3.11) results in equation 3.A.3 in the x-direction. Here u, , and
uy p are the x components of #, and 1, respectively, and an artificial diffusion term k4p
is added to the cavitated region where ¢ < 0.

F

3 F? o F
a (— (hS(FZ - F_O)(§ = 0)+ kAD(§ < 0)) a + l//h(l - F_b> x,b + l//hF_Oux’a) =0 (3A3)

The remainder of this derivation will focus on finding an optimal value for k4 such
that all oscillations are suppressed, without the introduction of excessive damping. The

coeflicient k4 will be defined by equation 3.A.4.

kAD = heuAD (3.A.4)




44 3 Modelling MR fluids

Here h, is the typical size of the mesh elements, and u,p the convection coefficient from
equation 3.A.3. This term is defined by equation 3.A.5, where c is a transformation con-
stant and c4p is given by equation 3.A.6.

Uap = hcAD (f < 0) Cf (3.A.5)
F £
CAD = <1 - F())ux,b + F_bux’a (3.A.6)

Equation 3.A.3 could now be solved by tweaking the amount of cavitation using cf. How-
ever, it is known that the oscillations in the pressure solution will be the largest in the
cavitated region near the reformation boundary. The minimal value for c; should there-
fore be determined on this boundary. One way of doing this is to equate the flow rates at
the reformation boundary as calculated in both the cavitated and full film regions (gy. 4y
and qy f) Tespectively, see equation 3.A.7). Substituting for gy cqy and gy, fy; results in
equation 3.A.8, where it should be noted that £ = 0 and ¢ = 1 in the full film region.

Ax,cav = 9x,full (3.A.7)

2
heapy = —h3<Fz—F—1)a—§ +heap (3.A.8)
FO ax
One method for solving this equation is to expand the derivatives using numerical
differences, as shown in equation 3.A.9. Here &, is defined at point r in the cavitated region
close to the reformation boundary, and &, is defined at the neighbouring downstream
point r + 1 which lies in the full film region close to the boundary.

Fl2 §r+1 - Szr
hean(i+ep) = -h3( B~ 2 ) T s heap (3.49)
FO he

Solving equation 3.A.9 for ¢y results in equation 3.A.10. Since &, = 0 in the full film
region and ¢, < 0 in the cavitated region, the minimum value of ¢y that is required for
numerical stability is given by equation 3.A.11.

h2(1—@)
oo <F2_F_12> & (3.A.10)
f Ky hecap
F12> h?
cr=|F-— (3.A.11)
f ( > Fy/hecap

This minimum value for ¢, can now be applied to equation 3.A.3, using equations 3.A.4
and 3.A.5. Finally, repeating this process for the y-direction (crosswind direction) will
results in equation 3.14. Note that the boolean terms that were still present in equation
3.A.3 have dropped out due to this choice of cy.
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Wear tests of MR-lubricated journal
bearings

From the start of the project it has been clear that abrasive wear due to the presence of hard
iron particles in the MR fluid was likely going to be problematic, especially during mixed or
boundary lubrication. And indeed, the initial experimental tests described in chapter 2 already
showed unacceptable levels of wear at higher loads, despite the fact that the bearing ran in the
hydrodynamic regime for the vast majority of the time. This chapter therefore presents the
results of a comprehensive study into the wear behaviour of MR-lubricated journal bearings
for varying loads, fields, sleeve materials, and MR lubricants, with the aim of finding ways
to reduce the wear rate to a level comparable with that of a standard oil-lubricated bearing.

Please note that the paper this chapter is based on is the result of a close collaboration with
prof. dr hab. inz. Wojciech Litwin and dr hab. inz. Michal Wodtke from the University of
Gdarnisk. The wear tests (sections 4.4.1 through 4.4.5) were executed in Gdarisk, while the SEM
analysis of the worn surfaces and particles (sections 4.4.6 and 4.4.7) was performed in Delft.

This chapter previously appeared as M. Wodtke, W. Litwin, G. van der Meer, and R. van Ostayen, 'Wear tests of
hydrodynamic journal bearings lubricated with magnetorheological fluid’, Wear, p. 206404, Oct. 2025.
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Abstract

This research aimed to study the wear amount and mechanism of a hydrodynamic journal
bearing lubricated with magnetorheological (MR) fluid. The effects of bearing load, hard
particle content in the MR fluid, magnetic field activation, and bearing sleeve material were
experimentally investigated. Results revealed that the standard bronze sleeve experienced
extreme wear with MR lubrication, two orders of magnitude higher than for oil lubrication,
while the friction coefficient was almost 6 times higher, probably due to severe third-body
abrasion. The least amount of wear among all tested materials was observed with a more
flexible polymer sleeve, which showed 3.5 times more wear than the oil-lubricated bearing
and a smaller increase in friction coefficient, around 2.6 times, as well as the formation
of a possibly protective layer of crushed particles in the converging region of the film.
The results suggest that polymers, and possibly also softer materials such as rubber, are
a promising alternative for bearings lubricated with MR fluids under low-speed and high-
load conditions.
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4.1 Introduction

agnetorheological (MR) fluids fall under the category of smart materials. They com-
M prise a homogeneous suspension, consisting of dispersed magnetic medium (particles)
in a non-magnetic carrier (e.g., water or mineral oil) and additives. What makes MR fluids
unique is that their rheological properties can be actively and rapidly changed by activ-
ating a magnetic field (adjusting magnetic flux density). The magnetic field causes the
formation of magnetic particle chain structures in the fluid which significantly increase
its viscosity and can cause a transition from fluid-like to solid-like properties [16, 93].

Due to strong development and research efforts, MR fluids found applications in many
different mechanical devices, e.g., viscous couplings and clutches [94, 95], dampers [96, 97],
or brakes [98, 99]. One mechanical component that can exploit the benefits of MR fluid
capabilities is the fluid-film bearing. Depending on the application, they can operate with
the principle of a hydrodynamic wedge, or with the squeeze effect or hydrostatic effect,
using common hydraulic oils as a lubricant to separate mating surfaces. This is one of
their biggest advantages, since the fluid completely separates the sliding surfaces of the
components and friction takes place inside the lubricant instead of between the sliding
surfaces in the form of dry or mixed friction. Here it is important to note that fluid friction
is the desirable type of friction due to low losses and lack of wear. The application of
MR fluids as a lubricant in fluid-film bearings is one of the possible solutions for smart
(intelligent) bearings [100-102]. The operating characteristics of smart bearings can be
actively controlled or adjusted depending on the forces acting on the system, or the sliding
velocity in the system. In the case of a MR bearing, changing the lubricant viscosity during
operation by activating and adjusting the magnetic field brings a very attractive possibility
to eliminate one of the biggest limitations of hydrodynamic bearings application, namely
the very limited load-carrying capability at low-speed operation. By locally activating a
magnetic field, it is possible to increase locally the viscosity in the lubricating film, thereby
increasing the minimum film thickness. This to ensure more favourable conditions for the
safety of bearing operation at high loads and low shaft speeds.

Experimental investigations of MR journal bearing properties for steady-state opera-
tion have generally confirmed the theoretical findings [27, 28]. However, they revealed
one limitation concerning journal speed; for high-speed values and thus for high values
of MR fluid shear rates, the MR effect is significantly reduced (due to the shear-thinning
effect) compared with the viscous effect [27, 37]. In [29] the possibility of eliminating
this disadvantage by using a special MR bearing design with a floating ring for enhanced
stiffness and damping of the bearing system was investigated. The experimental results
showed that this bearing type remained controllable even when rotating at 1200rpm. The
MR effect was investigated in a thrust bearing configuration in steady-state mode to valid-
ate the theoretical model and predict the axial force as a result of the magnetic field [103].
The application of MR fluid was also experimentally investigated in the hydrostatic mode
of lubrication. In [104], using an electromagnet, the magnetic field was applied locally at
the outer edges of the hydrostatic bearing. This caused an increase in resistance in the
MR fluid flow at the fluid film outlet zone, mimicking the behaviour of geometric textures,
which resulted in a pressure profile shape in the MR fluid film similar to the profile in a
geometrically textured hydrostatic bearing.

The authors of this paper also conducted experimental research on journal bearings
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lubricated with MR fluid on two separate test stands with differing shaft diameters (50
and 100mm). Their results demonstrated that MR-lubricated hydrodynamic bearings can
potentially solve problems of oil-lubricated bearings at high loads and low shaft speeds
by ensuring locally tuned MR fluid viscosity [30]. It was also shown that applying a local
magnetic field near the minimum film thickness can reduce losses to even lower values
than those of the reference oil-lubricated bearing, while retaining a (small) increase in
minimum film thickness [105]. However, after both investigations, clear signs of abrasive
wear were noticed on the sliding surfaces of the MR-fluid lubricated bearing components.
MR fluids are made of base oil and ferromagnetic, hard particles, which can influence bear-
ing wear resistance, especially in mixed lubrication mode. This can be a huge disadvantage
for MR bearings operating under low speed and high load, or for MR bearings experien-
cing frequent start/stop cycles. Others researches have also investigated wear problems
for other sliding pairs utilising MR fluids, e.g. for O-ring sealings [106].

The effect of hard particles on lubrication performance has been investigated in the
literature, as summarised in the works of Khonsari and Booser [107], and Nikas [108].
Their results showed that the particles dispersed in the lubricant worsen hydrodynamic
performance by increasing friction losses, temperature, and wear on the sliding surface,
which justifies the significance of proper filtration for the operation of lubricated surfaces
[109]. The specific impact of iron particles dispersed in the lubricant (usually mineral oil)
has been investigated experimentally as well [110-112]. The lubricant for such a case,
in terms of the composition, was similar to MR fluid; however, it differed significantly
in the iron particle content and size. Iron particle contamination in the reported tests
varied from a handful of particles of large size (5 to 30 particles with sizes up to 1.4mm,
[110]) to 40-50pm particles with a 0.05% concentration by weight [111, 112]. In contrast,
the concentration of iron particles for MR fluid can reach 70% by weight with an average
particle size of only a couple of microns.

The wear mechanism of MR-fluid lubricated contacts has been studied extensively
[54, 55, 113-117]; however, they did so only experimentally on the sample level using
different contact configurations on tribometers. Their results provided many valuable
findings, such as that measured wear and coefficient of friction for MR fluid-lubricated
contacts were higher than for hydraulic oil [55] or that an increase in particle content in
the MR fluid increased friction losses [54]. On the other hand, some contradictory conclu-
sions concerning the effect of the magnetic field activation on tribological properties of
MR-fluid lubricated sliding contacts were formulated in [113] and [114]. In [113], using
a pin-on-disc tribometer, the MR fluid under a magnetic field shows better friction and
wear properties compared to the absence of a magnetic field, while in the results of [114],
utilising a four-ball tribological tester, the opposite trend was noticed. Most likely, these
differences were due to the different geometry of the tested sliding pairs. Moreover, the
effect of mating surface material [113] and material of the particles [115] on tribological
performance was also studied, as well as comparative investigations with the tribological
properties of other smart fluids, e.g. ferrofluids [116]. Finally, different types of solid lub-
ricants added to silicone-based MR-fluid (e.g. PTFE, boron nitride, MoS2 or graphite) were
also investigated for the tribological performance using a four-ball geometry tribometer
[117]. The results show that when MoS2 was added to the MR fluid, the highest reduction
in frictional force was obtained, while the addition of PTFE resulted in the least wear of the
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test samples. Several investigations also noticed that due to operation in mixed friction
under tribological tests, not only were tested samples worn, but iron particles dispersed
in MR fluid deformed and changed their initial shapes [54, 55, 113, 118]. Wear of the MR
fluid can also be an additional limitation for the long-term operation of the MR-bearing
system operating under mixed friction mode.

The literature lacks wear test investigations under MR-fluid lubrication carried out on
the component of interest in this paper, namely using hydrodynamic bearings. According
to the authors’ previous experimental results, this is one of the biggest challenges limiting
the possibility of applying MR-lubricated bearings in low-speed conditions. This paper
intents to fill that knowledge gap and reports the results of comprehensive tribological
research on hydrodynamic bearings lubricated with MR fluid.

4.2 Goal of the research

This research aims to study the wear properties (wear mechanism and wear amount) of
the components of a hydrodynamic bearing under varied bearing loads and operated with
different MR lubricants, both with and without an activated magnetic field. Moreover, it
aims to identify bearing sleeve materials capable of reducing the wear amount under MR
lubrication to a level comparable to that of oil-lubricated bearings. For this comprehens-
ive research project, an experimental study was conducted on a bearing system lubricated
with standard and customised MR fluid. The research program involved long-time start
/ stop tests to assess the wear of the shafts and sleeves of the bearings. The wear assess-
ment was based on the sliding surface geometry measurements before and after the tests.
The sliding surfaces of the bearing sleeves and shaft journals were also examined using
a scanning electron microscope (SEM) with integrated energy dispersive X-ray spectro-
scopy (EDS) to investigate the wear mechanisms and to check for possible material transfer
between the two mating surfaces, and between the mating surfaces and the particles. SEM
was also used to investigate the size and shape of the particles dispersed in the MR-fluid
before and after the wear tests.

4.3 Method
4.3.1 Lubricant properties

The wear tests were carried out using three different lubricants, one mineral oil that was
used as a reference, and two hydrocarbon-based MR fluids with different particle concen-
trations. For the reference measurements a standard maritime lubricating oil, Castrol MHP
153 (SAE 30), was used. The MR measurements were carried out with the standard MR
fluid MRHCCS4-A with 70% particle concentration by weight [119], as well as a variant of
the same fluid with 20% particle concentration by weight, which was designed at request
by the same manufacturer. From now on these MR fluids will be referred to as '"MR 70%’
and 'MR 20%’ respectively. The particle size distributions for both MR fluids were meas-
ured as well, see section 4.3.4 for the methodology and section 4.4.6 for the results. Do note
that a different batch of smaller particles was used to create the MR 20% fluid, and that the
manufacturer indicated qualitatively that these particles were of a higher hardness than
the particles used in the MR 70% fluid.

Figure 4.1 shows several viscosity plots for these three lubricants. Figure 4.1a shows
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Figure 4.1: Viscosity measurements for the three lubricants used in this paper.
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viscosity as a function of temperature, for the MR fluids curves both with and without
a magnetic field present are shown (figure 4.1). Furthermore, since the MR fluids are
strongly shear-thinning, figure 4.1b shows the viscosity of all lubricants as a function of
shear rate. Finally, figure 4.1c shows the change in viscosity when uniform magnetic fields
of different strengths are applied to the two MR fluids. All viscosity measurements were
performed with an Anton Paar MRC 302 rheometer with a cone on plate geometry.

4.3.2 Wear test setup

The custom-designed and built test rig for the wear test of the journal bearings with a
30mm diameter shaft is presented in figure 4.2. Two tested journal sliding bearings and
a seal rings module were installed on the main shaft. Supporting roller element bearings
guided the main shaft in self-alignment housings. The lever system with the ratio 3:1 ex-
erted a radial load (3P) with the weights (P) on the bearings under test through additional
ball bearings (marked in orange). This ensured that frictional losses in tested bearings
could be measured (assuming that the small friction in the ball bearings can be neglected).
Two force sensors with beams connected to testing bearing heads were used to meas-
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Figure 4.3: FTIR (a & b) and TG and DTG (c & d) curves of tested bearing material samples.

ure friction losses under operation (see figure 4.2a). The measured friction forces were
losses in the tested bearing (yellow in figure 4.2b) and its sealing (violet colour). Sealing
losses were measured using a separate force sensor and a cantilever beam connected to
the seal module containing lip seals of the same design as those applied to test heads. This
measurement was used as a correction to obtain friction in the tested bearings. During the
tests, bearing temperature was monitored using two 1mm diameter K-type thermocouples.
Thermocouples were inserted into blind holes drilled radially close to the bearing ends on
its loaded side, with measuring tips positioned 2mm below the sliding surface (see figure
4.5a).

A peristaltic pump with a small tank (1L) equipped with a mixer (to keep the lub-
ricating MR fluid homogenous) was used to feed bearings. The lubricant was pumped
separately to both heads (see figure 4.2b); Qin = 40mL min_l) and the seal module (to en-
sure similar conditions for the sealing operation). The lubricant was supplied to the heads
from one end of the bearing. It flowed axially through the bearings, with two open lubric-
ation grooves (axial) located in the horizontal plane. The lubricant was discharged on the
other bearing side and collected in a tank. One wear test consisted of 8600 cycles of start /
stop tests with a data recording frequency of 1Hz (mean value of 1k samples per second).
Each cycle lasting 15 seconds contained forced start-up, steady state operation and free
run shutdown. Since the effect of material on the MR fluid-lubricated bearing system wear
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Table 4.1: Data on the bearings, materials and operational conditions.

Diameter of the shaft / Length of the bushing 30mm / 30mm

Bearing clearance (@ 20°C) 0.15mm

Radial load (3P) [N] / specific pressure [MPa] 1800N / 2MPa or 900N / 1IMPa

Shaft material / surface roughness AISI 1045 - Carbon steel / Ra=0.32um

Bronze CuSn7Zn4Pb7-C (2.1090) / Ra=0.63um
Bearing sleeve material / surface roughness Polymer inserts / Ra=1.25um
Rubber (8 axial grooves evenly distributed)

Cycle time 15s
2s start-up (0 /' 1000rpm)
Single cycle shaft speed 10s steady-state (at 1000rpm)
3s free shut down (1000rpm *\ 0)
1s of time interval between cycles

Friction torque - strain gauge sensor with amplifier, range 0-222N, accuracy +0.05% R.O.
Bearing temperature - K-type thermocouples, accuracy 1.5 K

o Magnetic field in the fluid film
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Figure 4.4: Sliding surface measurements, a) bearing sleeve; b) shaft; c) an example of measured geometry profiles
of sliding surface and linear wear assessment.

process was investigated, bearings produced from different materials were tested. Bronze
(CuSn7Zn4Pb7-C) was used as a base material in most tests. In addition, bearings made
of a harder material (steel) and softer polymer (compressive modulus of elasticity 2.2GPa,
hardness 83 shore D, melting point 260°C) and rubber (oil and chemical resistant nitrile
rubber, hardness 7043 shore) were also tested. Commercially available bearing sleeves
made of polymer and rubber were selected, which are designated for applications that re-
quire operation under increased wear conditions. FTIR and TG (in a nitrogen atmosphere)
methods were used to determine the composition of the soft bearing sleeves. The results of
these measurements (figure 4.3) allowed to identify that the polymer sleeve material was
a PPS-based polymer composite, and the rubber sleeve material was a Low-cis Butadiene-
based rubber composite. For simplicity, they will be referred to further in the paper as
polymer and rubber bearing sleeves.

In the case of polymer bearing, intermediate sleeves were used to assemble polymer
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inserts for tests. The tested rubber bearing had a different design (typical for water-
lubricated bearings), with 8 axial grooves evenly distributed on the bearing perimeter. For
shaft material, carbon steel (typical for ship shafts) was assumed to be used for all tests.
Dimensions of tested bearings, materials and operation conditions were collected in table
4.1.

One series of tests focused on the effect of a magnetic field on the wear process. There-
fore, 4mm diameter x 1mm thick magnets (magnet flux density = 1.03T) were installed in
the tested sleeve 2mm below the sliding surface. They were arranged in two circumferen-
tial rows (each composed of 20 magnets) placed close to bearing ends (figure 4.5a), and one
axial row (composed of 3 magnets) shifted 36° from the vertical direction in the vicinity
of the expected minimum film thickness zone. The axial row is meant to effectively in-
creases film pressure near the minimum film zone, while the circumferential rows should
decrease MR-fluid leakages from the film at the bearing ends, thereby also increasing film
pressure. Adjacent magnets were arranged in an alternating order (N - S - N - S — etc.),
which, according to numerical analysis [105], results in a magnetic field that is smaller far
away from the magnets (relative to the field close to the magnets) compared to a uniform
orientation (e.g. N - N - N — N - etc.). This should focus the viscosity increase on the
areas of the film directly below the magnets, while limiting the viscosity increase far away
from the magnets and thereby reducing the friction losses.

The magnetic field resulting from this arrangement of magnets has been calculated
numerically, and is shown in figure 4.4 This calculation was performed using a commercial
software package for numerical simulation [51], and other than the bearing geometry (see
table 4.1) the details of the implementation of the numerical model have been described
in detail in a previous paper by the same authors [105].

4.3.3 Wear amount assessment methodology

The wear assessment of the tested components utilised a comparison of the surface geo-
metry measurements before and after the tests. Measurements were conducted using a
contact profilometer (Jenoptik Hommel Etamic T8000, measuring vertical range 400pm).
To compare the profiles before and after tests, both shafts and bearings were manufac-
tured with special reference surfaces in the shape of grooves, with the bottom surface
below the sliding surface, to avoid their wear during operation (figure 4.5). The axial pro-
files of the mating surfaces started and finished each time at reference grooves. For each
sleeve, several axial profiles were measured on the loaded bearing half (evenly distributed
to the direction of the load, initially 5 paths in a range + 30°, later 9 paths in a range # 65°,
figure 4.5a. Positioning holes made at the outer surface of the bearing, together with a
pin mounted in the v-block groove, provided accurate (and repeatable) angular positions
of the bearing for measurements. One axial profile was collected for each shaft journal in
marked angular position since differences in measured geometries for other circumferen-
tial positions were negligible. Figure 4.5¢c shows an example of a measured sliding surface
profile comparison. Since the geometry of the reference surfaces did not change during
the wear test, it was possible to compare profiles. The difference in the average level of
the sliding surface before and after the wear test was a measure of the linear wear. The
same comparison was carried out for each angular position of the sleeve. As a result, a
circumferential distribution of wear for the loaded half of the bearing was obtained. This
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distribution was also used to calculate the volumetric wear of the sleeves, assuming that
the sliding surface was unfolded and changes in the wear between measurement points
(namely path positions) were linear. In the case of shaft journals, volumetric wear was
calculated as a difference in volume between a journal with nominal size (before the test)
and one with a radius reduced by linear wear (after the test).

4.3.4 SEM analysis

A JEOL 6010LA scanning electron microscope (SEM) with integrated energy dispersive
X-ray spectroscopy (EDS) functionality was used for two different investigations after the
wear tests had been performed. First of all, micrographs of the shaft and bearing surfaces
were created to investigate the wear mechanisms, and elemental analysis of the surfaces
was performed using EDS to check for possible material transfer between the shafts, bear-
ings, and particles. For this purpose, the shafts and bearings were cleaned by hand with
isopropyl alcohol and were cut into smaller pieces, and before being placed in the SEM
the non-conductive rubber and polymer bearing surfaces were coated with a thin layer of
gold to improve the imaging results.

Secondly, the SEM was used to perform an analysis of the particle sizes before and
after the wear tests. In order to extract the particles from the MR fluid, the fluid had to be
destabilised using acetone. This was done by adding MR fluid and acetone in a 1:1 ratio to
a container, which was placed in a shaker for 1 minute. After this minute, the container
with the mixture was placed on a large NdFeB magnet, rapidly causing the particles to be
pulled towards the magnet and leaving a mixture of acetone, oil, and additives floating
on top. With the container still on the magnet the supernatant liquid was decanted, and
this process was repeated until the decanted liquid started running clear. After drying,
the particles were sprinkled on carbon tape to enable imaging with the SEM, resulting
in micrographs containing thousands of particles. Image analysis software with particle
analysis functionality [120] was used to find the particle size distribution based on these
micrographs. This was done by first applying a median blur filter (blur radius 0.25um) to
denoise the micrograph, followed by an application of the Li threshold algorithm [121] to
separate the particles from the background. Finally, the watershed algorithm was used
to separate partially overlapping particles. This sequence of operations was qualitatively
found to result in reasonable recognition of the particles by the particle analysis function.

4.4 Wear test results

During each wear test, two bearing sleeves and one shaft with two bearing journals were
tested simultaneously. This allowed us to assess the repeatability of the process by com-
paring the wear results for components tested separately under the same operating con-
ditions. The results showed that linear wear did not differ significantly between sleeves
and journal shafts from one test. Consequently, the linear wear results presented in this
section are averaged values obtained for the same component type (sleeve and shaft) in
one test.

Wear tests were started for a system with bronze bearings under 2MPa of specific
pressure loading and lubricated with the mineral oil Castrol MHP 153 (SAE 30) using the
same methodology as planned for MR-lubricated bearings. The results obtained from this
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Figure 4.6: Effect of the load on the wear of bearing components lubricated with MR fluid: a) distribution of the
linear wear at the circumference of the sleeves, b) linear wear of the shaft journals and volumetric wear of the
sleeves and shafts.
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Figure 4.7: Effect of the MR fluid type on the wear of bearing components: a) distribution of the linear wear

at the circumference of the sleeves, b) linear wear of the shaft journals and volumetric wear of the sleeves and
shafts.

test were used as reference values to assess the wear resistance of tested components
with MR-fluid lubrication. The tests were planned and carried out so that it was possible
to analyse the impact of a single parameter of the system on the process of component
wear. The research plan covered the test focused on effects of bearing load, MR-fluid
type, presence of magnetic field, and bearing material. Obtained results were shown and
described in the following parts of this section (4.4.1 - 4.4.4).

4.4.1 Effect of the load

In the first series of experiments, bronze bearings lubricated with MR 70% were tested
under the same conditions as in the reference case (under load of 2MPa). At this stage,
magnets were not installed in the bearings, so no magnetic field acted on the fluid. The
results showed a huge wear of components. Consequently, the next test was planned
and carried out with the reduced bearing load (to 1MPa) to investigate the impact of this
parameter on wear under MR-fluid lubrication.
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In figure 4.6, a summary of the wear results for load effect under MR-fluid lubrication
was presented and compared to results obtained for the reference case (oil-lubricated bear-
ing). figure 4.6a presents measured circumferential distribution of linear wear for sleeves
(note that results for MR 70% and 2MPa load were scaled — reduced by factor 10 - to fit
them in the plot). In figure 4.6b measured wear for shaft journals and sleeves were com-
pared. The circumferential distribution of the bearing sleeve wear was not symmetrical to
the load direction (angular position of 0 degrees in figure 4.6a). This shape is typical (vis-
ible in all further results), as higher linear wear occurs near the minimum lubricant film
thickness zone. Under the load of 2MPa, the volumetric wear of the bearing and journals
lubricated with MR 70% was two orders of magnitude (!) higher than that of the reference
case (figure 4.6b). After reducing the load to 1MPa, the wear of the components lubricated
with MR 70% was also reduced; however, it was higher from 5 (for sleeves) to 7 times (for
journals) than in the reference case.

4.4.2 Effect of the MR lubricant

The measured level of component wear lubricated with MR 70% fluid was unacceptable in
the case of real bearing system operation. One reason for this can be the relatively high
concentration of particles in the MR fluid that was applied as a lubricant in previous tests.
To investigate the effect of MR lubricant with lower particle content on system wear, a
new fluid, MR 20%, was developed and provided for testing. Wear tests, as previously,
were carried out for bronze bearings under the load of 1MPa.

Figure 4.6 shows the measured wear distribution for sleeves (a) and journals (b) lub-
ricated with MR 70% and MR 20% fluids compared to the reference case. Surprisingly, the
volumetric wear of the sleeves lubricated with the MR 20% fluid with a lower concentra-
tion of the particles was significantly higher (about 60%) than for MR 70% lubrication. It
was much worse in the case of journals since their wear was an order of magnitude higher
than the wear of parts operated with MR fluid with a higher concentration of particles.
In addition, it was even slightly higher than shaft journal wear, measured for MR at 70%
under 2MPa load (see figure 4.6b).

4.4.3 Effect of the magnetic field

Activating the magnetic field (MF) is required to gain the unique benefits of MR lubrica-
tion (change of the lubricant viscosity and thus adjustment of bearing properties—active
bearing principle). One of the tests evaluated the effect of MF presence on the bearing
system components’ wear. The test was carried out using bronze bearings with magnets
assembled in the bearing body (as described in paragraph 4.3.2) and for a load of 1MPa.

Figure 4.8 shows the measured wear results for the bearing system components lub-
ricated with MR 70% fluid with activated MF compared to the case without activated MF.
The volumetric wear of the shaft journals was found to be higher while the MF was ac-
tivated (less than 2 times higher). Simultaneously, the level of volumetric wear for the
bearing sleeves operated with and without the magnetic field was the same. However, the
angular wear range was slightly narrower (shorter) when the system was tested without
an activated magnetic field.
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4.4.4 Effect of the material

Parameter changes studied and described in previous parts of this chapter did not cause a
reduction of the system component’s wear lubricated with MR-fluid to a level similar to
that observed for the reference case. The last of the studied parameters was the material
of the bearing. Different types of materials were tried, with varied properties. One of
them was steel, whose hardness is much higher than bronze, which was expected to be
beneficial for wear reduction. However, tests with steel bearings lubricated with MR 70%
fluid under the load of 1MPa failed catastrophically after several start/stop cycles, probably
due to scuffing and the effect of having the same material for both mating surfaces. Thus,
no results were available for this test.

In further tests, softer materials, such as polymer and rubber, were used. Polymer bear-
ings tested were cylindrical plain bearings of the same design as tested bronze bearings.
In the case of rubber bearings, due to the lack of availability of a design and size similar
to the tested one, a typical design for water lubrication with 8 axial grooves distributed
evenly around the bearing perimeter was tested. Tests were carried out under the load of
2MPa and with MR 70% as lubricant.

Figure 4.9 shows the wear results for different tested materials of the bearing sleeve.
Since a reference surface could not be manufactured on the rubber bearings (the rubber
was too soft, later on this also prevented accurate profile measurements with the pro-
filometer), the proposed wear measurement method could not be used. Other wear as-
sessment methods were considered for rubber bearings, such as the weight method or
employing a Coordinate Measuring Machine (CMM); however, their accuracy was not
satisfactory considering the level of wear on the components. Thus, the wear amount of
the rubber bearings could not be determined.

The polymer volumetric wear was higher than the reference value for oil-lubricated
bearings. However, the wear on polymer bearings was the smallest among all wear tests
with MR fluid lubrication. In the case of the shaft, the wear of the journals operated
against the polymer was higher than the reference (around seven times). Simultaneously,
the volumetric wear of the journals after tests with rubber bearings was hardly measurable
and even smaller than for oil-lubricated bearings.

4.4.5 Coefficient of friction (COF) and temperature

In figure 4.10, the measured coefficient of friction (COF) obtained during all wear tests
reported in this paper is compared (for both bearing sleeves tested simultaneously during
a given test). The standard deviation of the COF (as error bars calculated using all 8600
data points) is shown as well, which enables an assessment of friction variability in the
bearing during tests. The values shown in the figure are the average values of the bearing
friction coefficient (considering the seal friction correction) for all start/stop cycles at the
end of steady-state operation of the bearing with a speed of 1000rpm (fluid friction mode,
approximately 12s for each cycle assuming that typical cycle consists of 2 seconds acceler-
ation from standstill to the nominal steady state velocity that is maintained for 10 seconds,
followed by a deceleration again to zero velocity in 3 seconds, Table 1). This choice was
motivated by the relatively low frequency of the signal recording applied in this research,
which did not allow for monitoring the evolution of the COF during transient states of
bearing operation (start-up and shut-down). In addition, while both bearings operated
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Figure 4.9: Effect of the sleeve material on the wear of bearing components lubricated with MR fluid under the
load of 2MPa: a) distribution of the linear wear at the circumference of the sleeves, b) linear wear of the shaft
journals and volumetric wear of the sleeves and shafts.

with the same shaft, they had some impact on each other during the start and stop of the
bearing system which was not the case during steady-state operation.

The results in figure 4.10 show that the smallest values of COF and their standard
deviations were measured during the test with the oil as a lubricant at the load of 2MPa
(reference case), while the highest friction was noticed for MR 70% and 2MPa. This last
case also showed the largest difference in the average friction coefficients between the two
tested bearings, as well as the largest standard deviations, meaning significant variability
of the COF during tests. A much lower COF was measured under MR 70% lubrication
when the load was reduced from 2 to 1MPa. However, it was still higher than for the
reference case (over 2 times). It can be noticed that the COF measured for MR 70% was
lower than for MR 20% (at the load of 1MPa) and that the activated magnetic field also
increased the measured COF compared to the case without MF (for MR 70% and 1MPa).
When compliant and soft materials (rubber and polymer) were applied for bearing sleeves,
the measured friction coefficient was similar and equal to ~ 0.025. It was, however, still
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Figure 4.10: Comparison of the coefficient of friction for both bearing sleeves tested during a given wear test
with standard deviation bars (calculated using 8600 data points).

higher than in the reference case (around 2.6 times).

Results of the bearing temperature during tests showed no significant changes for most
of the cases. The measured temperature varied only slightly during the entire test, keep-
ing a constant level around 35-45°C. The lowest temperature was measured in the polymer
bearing; however, due to the low thermal conductivity of this material, it cannot be com-
pared directly to the measurements for metallic bearings (bronze). On the other hand, high
temperature variations were noticed for MR 70% bronze bearing tested under the load of
2MPa. In this case, the measured temperature course was “chaotic”. It showed variations
in a relatively large range (45-95°C), which was caused by periodic bearing operation with
high friction (periods with the higher friction torque in the bearing correspond to higher
bearing temperature).

4.4.6 Particle size analysis before and after start/stop tests

A particle size analysis was performed for samples of the MR fluids collected after the wear
tests described in sections 4.4.1 - 4.4.4, and for samples of the unused MR 20% and MR 70%
fluids. Micrographs of the particles from these samples were analysed with image pro-
cessing software to determine the particle size distributions, but before these distributions
are discussed, a qualitative comparison of the particle shapes and sizes will be performed
using several representative micrographs. The effectiveness of the image analysis proced-
ure for each of these groups will also be discussed.

Qualitative analysis
Figure 4.11 shows five of these micrographs, with each micrograph representing a group
of particle samples with distinct properties. The first group contains the MR 20% samples,
both before and after the wear test, and is represented by figure 4.11b which shows the
particles from the used MR 20% fluid. As can be seen in the figure, the particles in this
group are round and there are hardly any particle agglomerates. The image analysis pro-
cedure described in section 4.3.4 was found to work very well for this group.

The second group consists only of the samples collected after the wear tests with a
bronze bearing loaded to 2MPa and lubricated with MR 70%, and is represented by figure



4.4 Wear test results 61

x900

(d) MR 70%, bronze, 2MPa (e) MR 70%, polymer, 2MPa

Figure 4.11: SEM micrographs of particles taken from several MR fluid samples. In subfigure (b) several larger
chunks of iron are encircled, and in subfigure (c) the same is done for several particle agglomerates. Note that
the micrographs in subfigures c), d), and e) were taken with an SEM magnification of 900x as indicated in the
figures, but that these were zoomed in digitally to 1000x to match subfigures a) and b).

4.11d. As can be seen in figure 4.6, the wear of both the shaft and the bearing was very
high during this wear test, and it is clear that the particles were also damaged. Compared
to the first group, and to the particles from the unused MR 70% fluid shown in figure 4.11c,
the particles from this group are generally less round and their surfaces are less smooth.
Furthermore, several large non-round chunks of iron can be found between the particles
(some have been encircled in figure 4.11d), these were probably created when individual
particles were flattened or crushed together in the contact zone of the bearing. For this
group the image analysis procedure works well too.

The final group includes all remaining MR 70% samples, and is represented by figure
4.11e, where the particles collected after one of the polymer bearing tests are shown. The
micrograph shows that the individual particles are still mostly round, but that there are
also a quite a few agglomerates consisting of multiple particles sticking together which
were not present in the unused fluid from figure 4.11c (some of these have been encircled
in the figure). In contrast to the heavily worn particles from figure 4.11d, these agglom-
erates still recognisably consist of individual particles. As a result, the particle analysis
procedure was observed to frequently find the individual particles making up these ag-
glomerates, instead of considering an agglomerate itself as one single particle. Whether
or not the image analysis is successful seems to depend on the brightness and contrast
of the agglomerate surface on the micrographs, specifically in those regions where the
individual particles making up the agglomerates touch. It is therefore expected that the
particle size distributions created for the fluid samples containing these types of agglom-
erates will underestimate the amount of relatively large particles, and will overestimate
the number of small to medium particles.
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Figure 4.12: A violin plot of the particle size distributions both before and after the various wear tests. All violins
have been calculated by combining the particle size data obtained from three different micrographs, all containing
at least 1000 particles from the same MR fluid sample. The left (greyscale) side of every violin represents the
unused MR fluid, the right (colored) side represents the MR fluid after the wear tests. The box plots inside the
violins show the first and third quartiles, as well as the medians.

Particle size distributions

Figure 4.12 contains the particle size distributions for all MR fluid samples. As was men-
tioned in section 4.3.1, a different batch of (smaller) particles was used for the MR 20%
fluid, explaining the stark difference in the distributions of the MR 20% and MR 70% fluids.
There is also very little difference between the distributions before and after the MR 20%
wear tests, which matches the qualitative analysis. Continuing to the MR 70% tests, it can
be seen that the difference in the distributions before and after the wear tests is small for
most of these samples as well. The largest difference can be observed for the bronze bear-
ing lubricated with MR 70% and loaded to 2MPa, where the first quartile and median have
both decreased by about 0.26um after the wear test, and the third quartile has decreased by
about 0.11pm. This corresponds with the qualitative analysis, where it was observed that
this was the only wear test where the particles themselves seemed to have been damaged
(see figure 4.11d).

Lowering the load to 1MPa prevents the particles from being worn down as much,
with the first quartile and median changing no more than 0.1pm. The third quartile does
increase by about 0.26pm, which could indicate an increase in the number of particle ag-
glomerates that have been formed. Interestingly, this increase is not visible when the
magnetic field is activated during the wear test. Finally, for the rubber bearing there is
little difference in the size distributions before and after, with only a small decrease of
all quartiles by less than 0.1pum after the test. In contrast, the polymer bearing shows a
similar increase of the third quartile as was observed with the bronze bearing loaded to
1MPa (though the polymer bearing was loaded to 2MPa).
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4.4.7 Surface analysis

SEM micrographs were made of the surfaces of the bearings and shafts used during the
wear tests, to help explain the wear mechanisms occurring with MR lubrication. Figure
4.13 shows these micrographs for all bronze bearings, the micrographs of the correspond-
ing shafts are only shown for the reference case (oil lubrication) and for the MR-lubricated
cases with high shaft wear (MR 70% with 2MPa and MR 20% with 1MPa). All other shaft
micrographs were qualitatively found to be indistinguishable from the reference case. Fig-
ure 4.14 shows micrographs of the surfaces of the softer rubber and polymer bearings that
were tested. Of the shafts, only the micrograph of the shaft used with the rubber bear-
ing is shown, the shaft used with the polymer bearing was lost in transit between two
labs. Finally, the sliding direction was upwards in all micrographs, and the micrographs
of the bearing surfaces were taken at the bottom of the bearing, in the contact zone, unless
mentioned otherwise.

Bronze bearings

The unused and used bearing surfaces of the bronze bearing lubricated with oil are shown
in figures 4.13a and 4.13b respectively. The unused surface contains many ridges in the
vertical direction left by the original machining process, and while several ridges have
worn down after the wear test, some of these marks are still visible on the right side of
the micrograph of the worn surface. The condition of the worn shaft surface looks similar
to that of the bearing surface, though some plastic deformation of the ridges can also be
seen (figure 4.13c).

With MR lubrication, the appearance of the surfaces changed dramatically after the
wear tests. Figures 4.13h and 4.13d show the bearing micrographs for loads of 1 and
2MPa respectively, and at first glance their overall appearance is similar. For both loads
the original machining marks have disappeared completely, almost certainly due to large
amounts of third body abrasive wear caused by the particles. Furthermore, several fea-
tures are visible that indicate that some adhesive wear may have occurred. Next to that,
figures 4.13e and 4.13f, which represent EDS maps of the iron and copper content, show
large patches of (pure) iron on the surface of the bearing loaded to 2MPa, while no iron
could be found on the surface of the bearing loaded to 1MPa. Finally, the shaft used with
the bearing loaded to 2MPa is shown in figure 4.13g. Its surface looks very similar to that
of the oil-lubricated shaft (figure 4.13c), but there seems to be some cracks running in the
sliding direction.

In the next wear test, magnets were added to the MR lubricated system loaded to 1MPa,
resulting in the micrograph in figure 4.13i which was taken at a location on the surface
directly above one of the magnets. The overall appearance of the surface is the same as it
was without the magnets present, apart from a large number of small scratches.

Finally, figures 4.13j and 4.131 show the effect of a reduced particle concentration (20%
by volume) on the surfaces of the bearing and shaft respectively. The contrast with the
other micrographs for the bearings lubricated with MR 70% is large, with both the bearing
and shaft surfaces containing some cracks, and the shaft surface showing many ridges in
the sliding direction. When zooming in on the bearing surface (figure 4.13k) it can be seen
that this surface is heavily scratched and contains many embedded particles. Furthermore,
many pits can be found in the surface, some of which are almost perfectly round, indicat-
ing that a number of embedded particles may have been dislodged during the wear test.
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Figure 4.13: SEM micrographs and EDS maps of several bronze bearing surfaces for various operating conditions,
as well as some representative steel shaft surfaces. The sliding direction was upwards in all cases.
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Similar to the MR 70% test with a load of 1MPa, no iron could be found in the bearing
surface itself (apart from the embedded particles).

Rubber and polymer bearings

Starting with the rubber bearing, figures 4.14a and 4.14b show the surface before and after
the wear test respectively. While it was not possible to determine the volumetric wear
of the rubber bearing, the micrographs do indicate that the appearance of the surface has
at least changed drastically. The original machining marks (horizontal ridges that were
left by the molds) have worn away completely, and the surface instead contains vertical
grooves, as well as some pits. Particles are visible in some of these pits, and individual
particles have been embedded in the rubber as well in some other locations.

In contrast, the surface of the corresponding shaft shown in figure 4.14c does not show
major signs of wear, and looks similar to the lightly worn shaft used in the oil-lubricated
bronze bearing (see figure 4.13c). Only some fine scratches are visible, which are probably
caused by particles embedded in the rubber. These results agrees with the linear wear
tests, which showed minimal wear of the shaft (see figure 4.9).

The remaining figures all show micrographs and EDS maps for the polymer bearing
surface (unfortunately the shaft used for the polymer bearing test was lost during ship-
ping between the participating research groups). This was the only bearing where a clear
difference could be observed in the appearance of the surface in the converging region of
the film, compared to the surface close to minimum film, which is why micrographs were
made of both regions of the bearing.

Starting with figure 4.14d, the unused polymer surface shows very obvious machining
marks, with clear vertical ridges about 100um apart, and smaller, regularly spaced hori-
zontal grooves in between. This texture is still visible on some parts of the worn surface
in the converging region of the film, as can be seen in figure 4.14e, but large clumps of
iron have also been smeared onto the surface, forming an almost continuous layer of iron
on top of the polymer. This becomes even more obvious when zooming in (see figure
4.14g) and comparing the micrograph with the EDS maps for iron and carbon (figures
4.14h and 4.14i respectively) respectively, with carbon being the main element of the poly-
mer). The diverging half of the bearing has a very different surface, as can be seen in figure
4.14f. The mostly continuous layer of iron from the converging region tapers off into smal-
ler branches in this region. Furthermore, the original machining marks have been worn
away completely and there are obvious grooves and ridges in the sliding direction. When
zooming in on one of the areas without a layer of iron (see figure 4.14j) and comparing the
micrograph with the EDS maps for iron and carbon (figures 4.14k and 4.141 respectively),
it becomes clear that there is still a large amount of iron on the polymer bearing surface,
mostly in the form of smaller clumps and individual particles embedded in the surface.
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Figure 4.14: SEM micrographs and EDS maps of the rubber bearing surfaces (subfigures a) through c)) and
polymer bearing surfaces (subfigures d) through 1)). The sliding direction was upwards in all cases. Note that
the micrograph in subfigure a) was taken with an SEM magnification of 1100x as indicated in the subfigure, this
micrograph was zoomed out digitally to 1000x to match the other subfigures.
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4.5 Discussion

The comprehensive research program allowed us to investigate different aspects of the tri-
bological properties of the system lubricated with the MR fluid and compare the obtained
results to those of an oil-lubricated bearing tested under the same conditions. This section
discusses the results presented in the previous sections of the paper.

The oil-lubricated bearing sleeves and shaft journals (reference case) showed low fric-
tion coefficients and relatively small amounts of wear under the load of 2MPa (figure 4.6),
which agrees with the very minor differences in the surface micrographs before and after
the wear tests (figures 4.13a through 4.13c). In contrast, the wear of the mating compon-
ents was found to be higher (sometimes much higher) in most of the tested bearing con-
figurations lubricated with MR fluid. The bronze bearing lubricated with MR 70% under a
load of 2MPa showed the highest wear, which was found to be two orders of magnitude
higher (!) than in the reference case. The friction coefficient was also found to be 5.5 to 6
times larger for steady-state operation (figure 4.10), which could indicate permanent mixed
or boundary lubrication, especially since the standard deviation on the friction measure-
ments was high as well for these tests. As was to be expected, these extreme levels of wear
and friction could be reduced by lowering the load to 1MPa, but even then, they were still
several times higher than for oil-lubricated bearings. For both loads the large amounts of
wear are probably the result of third body abrasion, however, looking at the micrographs
of the mating surfaces (figures 4.13d through 4.13h) also reveals some differences in the
wear mechanisms for these two load cases. As was observed in the results section, the
bronze sleeve surface of the bearing loaded to 2MPa contained patches of pure iron, while
this was not the case for the lower load. The only two components in the bearing system
containing any iron were the particles (pure iron) and the shaft journal (AISI 1045 carbon
steel). Since the EDS did not detect any elements in these patches other than iron (such as
manganese, which appears in AISI 1045), these patches can only consist of (the remains
of) particles. It seems likely that with the higher load of 2MPa, particles were flattened or
crushed into the bearing surface and were then worn down together with the bronze, since
the areas on the EDS map that contain iron do not match up with the ridges visible on the
micrograph (figures 4.13e and 4.13d respectively). Since no patches of iron were found
with a load of 1MPa, it seems likely that this load was too low to cause such a deformation
of the particles. This difference was also revealed by the particle size analysis in section
4.4.6, where it was found that only the particles from the bearing loaded to 2MPa were
visibly worn (figure 4.11) and had decreased in size after the wear test, while the particles
from the bearing loaded to 1MPa had roughly the same size before and after (figure 4.12).

The effect of the magnetic field was much smaller than that of bearing load. The friction
increase compared to the reference went up from 2.3 times without magnetic field to 3.2
times with magnetic field (figure 4.10), which was caused by the magnetically induced
viscosity increase. With the activation of the magnetic field the wear of the shaft journals
was also slightly higher than without a magnetic field, but the wear of the bearing sleeves
did not change (figure 4.8). This could be caused by the formation of particles chains at the
locations of the magnets that are embedded below the stationary bearing sleeve surface.
These chains will mostly stay in position over the magnets [5], likely causing their ends
to be dragged along the surface of the rotating shaft journal. The existence of such a wear
mechanism is supported by the fact that only the shaft wear changed with the activation of
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the magnetic field, the level of wear of the bearing sleeves remained the same. The sleeve
surface micrographs did show a large number of scratches though (figure 4.13i), these
may have appeared during the transitions to boundary lubrication, with the magnetic
field pinning the particles near the magnets in the contact zone in place, preventing them
from moving along with the rotating shaft. Such an effect could also be the cause of the
reduction of the number of agglomerates consisting of multiple particles compared to the
unactivated bearing (figure 4.12).

In contrast to initial expectations based on literature about lubrication experiments
with contaminated water [122, 123], a reduction in the particle concentration from 70% to
20% did not lead to lower wear, but actually increased wear. The amount of wear noticed
for the bearing sleeves was only slightly higher (around 60%, see figure 4.7), but the shaft
journal wear increased by a significant amount (an order of magnitude) with MR 20%
lubrication compared to wear results for the standard MR fluid (MR 70%, 1MPa). Compared
to that bearing the friction coefficient also increased slightly. An explanation for these
wear results might be found by examining the surface micrographs (figures 4.13j and 4.13l).
As was mentioned in the results section, the shaft journal surface was heavily grooved in
the sliding direction, while the bearing sleeve surface contained many embedded particles.
However, unlike the 2MPa MR 70% test there were no patches of iron in the sleeve surface
meaning that the particles were not crushed or flattened into the surface like they were
at that higher load. Similarly, the particle size analysis indicated barely any change in
both the size and shape of the particles in the MR 20% fluid before and after the wear tests
(figure 4.12). Taken all together, it seems likely that the qualitative information from the
manufacturer (section 4.3.1) was correct, and the hardness of the particles in the MR 20%
fluid was indeed higher than of those in the MR 70% fluid. The exact difference in hardness
between the MR 20% and MR 70% particles is not known, and it was found to be difficult to
measure the hardness due to the extremely small size of the particles. Do note that there
could also be an alternative explanation for the difference in particle hardness between the
two MR fluids. Work hardening of particles has been observed in literature [54, 55], and
it is possible that the lower concentration of 20% led to higher stresses on the individual
particles. However, since the deformation of the particles seems to have been minimal, it
is deemed more likely that the particles in MR 20% did indeed have a higher hardness to
begin with, but this could be investigated further.

The results for the tests with the bearings made of compliant materials show very
different results compared to the bronze bearing. Both polymer and rubber bearings show
a comparatively modest increase in friction coefficient by about 2.6 times (figure 4.10).
At the same time, the polymer bearing has the lowest bearing sleeve wear level out of
all bearings lubricated with MR fluid, and was relatively close to the reference case for
both bearing and journal wear (figure 4.9). The wear level on the shaft journal used with
the rubber bearing was the lowest of all bearings that were tested, lower even than in
the reference case. However, since the sleeve wear could not be measured for the rubber
bearing, it is difficult to say anything about its overall wear performance. Looking at
the rubber surface micrographs also shows large changes in the surface geometry before
and after the wear tests (figures 4.14a and 4.14b respectively). The wear to the rubber
sleeve surface was at least large enough to completely remove the original machining
marks, and to create several grooves and pits that contain particles. These findings match
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with literature for rubber bearings lubricated with oil or water containing hard particles
[122, 124, 125]. It has been stated that once the oil film becomes thin enough (due to
lowered speed or increased load), individual particles with diameters larger than the film
thickness will bridge the gap between the mating surfaces. Due to the elasticity of the
rubber, the particles will locally deform this surface and will start to roll on the harder
shaft surface, minimizing the wear to both components. However, once the system reaches
boundary lubrication, the particles will be pressed almost fully into the rubber, which can
lead to ploughing of the rubber surface and the formation of furrows or grooves in the
sliding direction, similar to those observed in the micrograph. At the same time, local
stress concentrations due to the particles deforming the rubber can cause the stress to
exceed the strength limit, causing particles to be embedded in the rubber, and leading to
the formation of pits [125]. These pits can be identified by the particles that have been
collected in them and can be found on the micrographs of the rubber bearing sleeve.

The micrographs for the polymer bearing show that the wear mechanisms for that sys-
tem differed significantly from those with the rubber bearing (figures 4.14d through 4.14f).
The polymer bearing sleeve was the only sleeve with a difference in the appearance of
the converging and diverging areas of the bearing, with the converging area showing a
layer of iron clumps on top of the polymer surface, while the diverging area showed more
wear and showed embedded individual particles and smaller clumps. During operation
of the bearing, the particles were probably crushed in the converging region of the film,
leading to iron clumps that are tens of micrometers wide, much larger than the particles
from the fluid which had a median size of 1.9um after the wear test (see figure 4.12). Sim-
ilar to the bronze bearing tested at 2MPa with MR 70%, the iron on the bearing surface
has been worn during the test, as evidenced by the clear ploughing marks in the sliding
direction that are visible on most of the clumps in figure 4.14g. An obvious difference
with the bronze bearing sleeve is that the iron on the polymer surface has formed clearly
distinguishable clumps lying on top of the polymer, and has not been smeared out over
the sleeve surface (figure 4.13d). This may be the result of the lower stiffness and hardness
of the polymer bearing, which can deform elastically under load, possibly preventing the
particles from being flattened entirely. It could also explain why the average size of the
particles in the fluid increased slightly, instead of decreasing like with the bronze bearing
sleeve. Furthermore, the resulting layer of iron seems to have partially protected the un-
derlying polymer surface, since the machining marks are still visible through gaps in the
iron layer while they have been worn away in the areas without any iron clumps at all.
This seems to be a similar effect to what was observed by Leung et al [54], who found a
protective layer of flattened particles on the block of a block-on-ring tribotester lubricated
with an MR fluid. They also found that the protective layer did not extend into the diver-
ging region, which is the case for the bearing in this paper as well and would explain the
larger degree of visible wear in the micrographs of that region. The individual clumps or
iron found in the diverging region are likely debris from the iron layer in the converging
region.

4.6 Conclusion

In this research, the wear properties of an MR-lubricated hydrodynamic journal bearing
system have been investigated experimentally with start / stop wear tests under varying
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operating conditions. These results have been compared with a reference, an oil-lubricated
bearing with a bronze sleeve, with the aim of finding a bearing sleeve material with a
similar level of wear for MR lubrication as that of the reference for oil lubrication. The key
conclusions of this investigation are:

1.

The wear performance of a standard combination of a bronze bearing sleeve and
steel shaft journal is extremely poor for all operating conditions, with an increase
in wear of two orders of magnitude compared to the reference, as well as 5 to 6 times
increase in friction. The wear increase is likely the result of third body abrasion due
to the presence of iron microparticles in the MR fluid (which were also damaged),
and could only be reduced by lowering the load applied to the system.

. Lowering the particle concentration of the MR fluid from 70% to 20% did not yield

the expected wear reduction but actually increased the wear. The exact reason for
this is not known but may be related to an unintended difference in particle size and
hardness between the particles in the two MR fluids.

. Using a rubber bearing sleeve resulted in minimal wear to the shaft journal, redu-

cing it below even the level of wear of the reference, as well as a doubling of the
friction coefficient. However, due to the softness of the rubber compound it was
not possible to measure the sleeve wear with the profilometer, and the SEM micro-
graphs did reveal some visible damage to the rubber surface. Due to the low level of
shaft journal wear it is recommended to further investigate the wear performance
of rubber bearing sleeves for MR lubrication.

. The lowest level of bearing sleeve wear for MR lubrication was obtained with a

polymer sleeve, the wear of this sleeve was only about 4 times larger than with the
reference, while the friction was doubled. It was found that a layer of crushed iron
particles had formed in the converging region of the bearing, possibly protecting
the underlying polymer. For these reasons, polymer seems like a promising sleeve
material for an MR-lubricated bearing operating in low-speed conditions. This has
since been reconfirmed by another investigation, where the authors experimentally
tested the hydrodynamic performance of an MR-lubricated polymer bearing for a
wide range of speeds [126].
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In chapter 2, an initial exploration showed that MR-lubrication of a hydrodynamic journal
bearing does not necessarily have to result in high friction, which was previously the only
result reported in literature. Simultaneously it was found that the shear-thinning MR fluid
was not easily modelled using a Newtonian approximation, leading to the development of a
computationally efficient shear-thinning model in chapter 3. Furthermore, wear was found
to be unacceptable at higher loads, leading to the discovery of an alternative polymer bearing
sleeve with more acceptable wear characteristics in chapter 4. This chapter combines the
lessons of these previous investigations, leading to a comprehensive research project focused
on testing the performance of an MR-lubricated journal bearing for a range of loads and
magnetic fields. The aim was to find out to which degree the performance of the bearing
could be modified by changing the magnetic field when lubricating with MR fluid.

This chapter previously appeared as G. van der Meer and R. van Ostayen, ‘Investigating Film Thickness and Friction
of an MR-Lubricated Journal Bearing’, Lubricants, vol. 13, no. 4, Art. no. 4, Apr. 2025..

Please note that the addendum at the end of this chapter was not part of the original publication, it discusses
possible ways in which the standard Hersey number could be modified to be used for variable viscosity fluids.
This is done with examples based on the experimental results presented in this chapter.
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Abstract

Magnetorheological (MR) fluids are frequently reported to have potential as lubricants for
hydrodynamic bearings operating at high loads, but no comprehensive effort has been
made to investigate their performance under a variety of operating conditions. This pa-
per therefore presents an extensive experimental and numerical investigation of a MR-
lubricated hydrodynamic journal bearing subjected to different loads and magnetic fields,
and compares these results to those of an oil-lubricated bearing. It is shown that by in-
creasing the magnetic field strength, the performance characteristics of the bearing can
be changed from low hydrodynamic friction and a high transition speed, to high hydro-
dynamic friction and a low transition speed. Furthermore, it has been found that the
way in which these characteristics scale with increasing load differs for the MR- and oil-
lubricated bearings. With MR lubrication, the relative change in characteristics with the
application of a magnetic field is smaller at higher loads, due to the strong shear-thinning
rheology of MR fluids. To include these effects in the model, a basic relation for the ap-
parent MR viscosity as a function of shear rate, temperature and magnetic field strength
is introduced. Finally, the bearing was made from a polymer to improve wear resistance
under MR lubrication, but a comparison with a Reynolds equation—based numerical model
indicates possible performance degradation due to shape errors, which is a known issue
with this bearing material.
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5.1 Introduction

hydrodynamic journal bearing is defined by its lubricating film, which separates the

two surfaces and thereby minimises friction and prevents wear. The thickness of this
film depends on various factors like the geometry, the speed of the shaft, and the properties
of the lubricant that is being used. A very important lubricant property is the viscosity,
with higher viscosity leading to thicker films but also to higher friction, and vice versa.
Viscosity is an inherent property of a standard lubricating oil, but with smart’ lubricants
like magnetorheological (MR) fluids, it is possible to actively control the apparent viscosity
with the application of an external magnetic field.

An MR fluid consists of a base oil with a large number of iron microparticles in sus-
pension (generally around 20 vol%). In general, the MR fluid responds like a standard
(albeit strongly shear-thinning) lubricant, but with the application of a magnetic field the
particles in the fluid will magnetise, and will form chain-like structures along the mag-
netic field lines. These structures impede the flow of the base oil, manifesting as an in-
crease in the effective viscosity on the macro scale. The magnetic field also enhances the
shear-thinning characteristics, with higher stresses leading to breakage of the structures
and therefore to progressively smaller viscosity increases. In contrast, lower stresses will
strengthen the particle structures, eventually preventing the flow of base oil completely
and turning the fluid into something resembling a viscoplastic solid. Finally, all of these
magnetically induced effects are fully reversible, removing the magnetic field will result
in the original suspension in only a few milliseconds [5, 6].

In the past, the controllable viscosity of MR fluids has been used mainly to construct
active dampers and brakes, but other applications have also been investigated, such as
actuators, haptic devices, and magnetic metamaterials [19, 127-129]. In addition, some
research has been done on the use of MR fluids as lubricant in hydrodynamic (journal)
bearings. Due to the complicated non-Newtonian characteristics of MR fluids, a relatively
large number of researchers have focused on modelling these bearings numerically. A
number of viscosity models have been identified that can describe these non-Newtonian
characteristics with reasonable accuracy, most notably the Bingham plastic and Herschel-
Bulkley models [11]. These viscosity models can then be combined with either the Navier-
Stokes equations for a full 3D CFD model [39], or with a variant of the Reynolds equation
for a simpler 2D or even 1D model [40, 66]. Several general journal bearing case studies
have been created where these types of models were used to investigate the effects of MR
lubrication [21, 22, 130]. More focused studies can be found as well, for example ones in-
vestigating dynamic behaviour [29, 131] or the influence of surface textures [23], surface
roughness [132], or temperature [133]. In general it was observed that an increase in lub-
ricant viscosity due a stronger magnetic field would lead to thicker films (or equivalently,
a reduction in the transition speed) but also to higher friction.

Several experimental investigations into MR lubrication in bearings have also been
carried out, but these are more rare. In one of the earliest experimental papers, an MR-
lubricated hydrostatic bearing was successfully designed to achieve a constant film thick-
ness independent of load by varying the magnetic field strength [26, 45]. Several experi-
ments with journal bearing setups were then performed, confirming the general findings
of numerical research that stronger fields lead to both thicker films and higher friction
[20, 27-29]. Some of these researchers suggested that active control of the magnetic fields
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using electromagnets could be a way of achieving both thick films at low speeds, and low
friction at high speeds, by reducing the strength of the magnetic field at higher speeds
[27]. Similarly, the use of local magnetic fields has been proposed as a way of minimising
the friction increase by only magnetising the film where an increase in viscosity has the
largest effect on film thickness (near minimum film), instead of magnetising the entire film
[46, 134]. Two investigations have looked into this concept and have compared the per-
formance of MR fluid with that of standard (Newtonian) lubricating oils. The first used a
very strong local magnetic field with a standard MR fluid, and found that the resulting film
thickness and friction were both still higher than with the standard lubricating oil [30]. On
the other hand, the second used a weaker magnetic field and a fluid with fewer particles
(reducing the magnitude of the viscosity increase), and found the MR lubricated bearing
to have lower friction than the oil lubricated bearing, but also a higher transition speed
(equivalent to a lower film thickness) [105]. Both suggested that the fluid and magnetic
field should be optimised further.

In summary, the use of MR fluid as a lubricant for hydrodynamic (journal) bearings
has gotten some (mostly numerical) attention in literature. Generally it is found that the
increase in viscosity due to the magnetic field will not only increase the film thickness,
and thus reduce the transition speed, but will also result in higher friction compared to
standard lubricants. However, while some suggestions have been made for possible ways
to improve these bearings and obtain performance superior to that of an oil lubricated
bearing, there has not yet been a comprehensive effort to find out under which operating
conditions this would actually be possible, if at all. This work therefore presents an extens-
ive experimental and numerical investigation into the performance of an MR-lubricated
journal bearing under different loads and with different magnetic fields, and compares
this to the same bearing lubricated with a standard oil.

5.2 Method

In this paper, experiments have been performed with a custom hydrodynamic journal
bearing setup, lubricated either with a reference oil or a magnetorheological (MR) fluid.
These results have been compared with those of a numerical model. This section will first
introduce the experimental setup and experimental procedures, and will then discuss the
model.

5.2.1 Experimental setup

The custom-built experimental journal bearing setup that was used for this research is
shown in figure 5.1. This setup was previously used for the research presented in [105],
the main changes compared to that work are the difference in bearing material and MR
fluid, and the larger variety of tests that have been performed. The operating conditions
for those tests can be found in table 5.1, which also shows the properties of the main bear-
ing. The setup consists of a main shaft supported by two self-aligning ball bearings, with
the bearing housing placed in between. Since this housing is hollow, the actual bearing
bush is only supported at the edges, leaving open space inside the housing all around the
circumference of the bush, as is shown schematically in figure 5.2. This open space is used
to place neodymium permanent magnets to activate the MR fluid in the thin film. To pre-
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Figure 5.1: A picture of the experimental setup. 1 — main shaft, 2 - support bearings, 3 - bearing housing, 4 -
motor, 5 — moment arm, 6 — load cell for friction torque measurement, 7 — hydrostatic bearing, 8 — capacitive
sensors (the two capacitive sensors on the other side of the housing are not visible).

Table 5.1: Overview of the bearing properties and operating conditions. This
data previously appeared in another article by the authors where this setup
was used as well [105], the reader is referred to that paper for a more extensive
description of the setup, as well as a derivation of the sensor accuracies. The
properties of the polymer used for the bearing were obtained from the manu-

facturer.

Property Symbol  Value

Bearing length / shaft diameter / L/D 100mm/50mm
Nominal radial clearance hy 155um

Shaft / bearing material C45 steel/Polymer
Shaft / bearing surface roughness Ra 0.4um/0.4pm
Max. load / specific pressure W,u/pm  7.5kN/1.5MPa
Speed range n 0 - 1000/1500rpm
Lubrication groove radius / length 1mm/100mm
Lubricant flow rate Qin 0.3Lmin™"
Average inlet temperature 32°C

Average film temperature T 36°C

Polymer Youngs modulus 2.2GPa

Polymer hardness (shore-D) 83

Polymer thermal expansion coefficient 6 x 107 mm/(mm°C)
Applied load accuracy +30N

Distance sensor accuracy +0.15pum

Friction coefficient accuracy +3.12N/W,
Thermocouple accuracy +1.5K
Centre-to-centre distance magnets L1 20.8mm

Distance magnet-film L2 9mm

Magnet diameter / length d,,/L3 20mm/5,10,20mm
Magnet remanence B, 1.29-1.32T
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Figure 5.2: A section view of the bearing housing (component 3 in figure 5.1). 1 - shaft (component 1 in figure
5.1), a — polymer inner bush, b — non-magnetic steel outer bush, c1/c2/d - housing components, e — non-magnetic
contactless labyrinth seals, f — capacitive sensor clamps (component 8 in figure 5.1), g — magnets, T0-T4 — ther-
mocouples (T3 and T4 were not present for all measurements). The lubricant inlets and outlets are marked as
well. In the figure on the right, ¢ is defined as the angular coordinate inside the bearing. The shaft rotates in the
positive ¢ direction, and as an example of a possible position of the magnets, the magnets are shown at ¢ = 0°.

vent deformation of the bush due to the film pressures, the 4mm thick polymer inner bush
(chosen for its wear resistance when lubricated with MR fluid [135]) is press-fitted inside
a 5mm thick steel bush.

A constant load is applied to the bearing housing with a pneumatic actuator. The fric-
tion torque in the bearing is measured with a load cell that is loaded via a moment arm
connected to the bearing housing. Accurate torque measurements are obtained since the
rotation of the housing around the shaft is only constrained by the load cell: a hydrostatic
bearing is used to transfer the load from the actuator to the housing, and the bearing is
sealed with contactless labyrinth-type seals (components marked e’ in figure 5.2). Lub-
ricant is provided to the bearing at a constant flow rate of 0.3Lmin "’ using a positive
displacement cavity pump that draws from a 1L reservoir. Thermocouples measure the
temperature of the outer steel bush and the lubricant temperature in the inlets, later on
some tests were repeated with thermocouples T3 and T4 present in the outlets to verify
the bush temperatures. Finally, two capacitive distance sensors are mounted 90° apart on
both sides of the housing. These sensors point at the shaft surface and are used to calculate
the locus on both sides of the bearing, an overall locus is obtained by averaging the results
from the two sides.

5.2.2 Experimental procedure

The experimental setup has been used to measure Stribeck curves of the tested lubricants
by changing the speed of the shaft, while keeping the load and magnetic field constant.
Every Stribeck measurement was started with a warm-up phase, consisting of the system
running at maximum shaft speed (either 1000 or 1500rpm depending on the test) while
subjected to the target load and magnetic field. This process was continued until the lub-
ricant temperature at the outlets reached 32°C, which could take up to an hour depending
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on the ambient conditions in the room.

After the warm-up phase, the Stribeck measurement was started. These measurements
were conducted by reducing the speed in discreet steps, and by letting the system stabilise
for 3 minutes after every change in speed. Steps of 100, 50, and 25rpm were taken between
respectively 1500/1000rpm-500rpm, 500rpm-300rpm, and 300rpm-Orpm. A Stribeck meas-
urement was considered to be finished once the friction coefficient started increasing
sharply after a reduction in speed, or once the friction coefficient became larger than 0.02.
Either one of these events was considered to be an indication of a transition to mixed
or boundary lubrication. At that point the shaft would be stopped (to prevent damage
to the bearing by running under boundary lubrication unnecessarily), and as a final step
the clearance circles, used to calibrate the locus measurements, would be measured with a
method that was established previously [50, 105]. For any follow-up tests on the same day,
the system would first be allowed to cool down sufficiently before starting the warm-up
process of the next measurement. All tests presented in this paper were repeated three
times, the reported values are the averaged values.

5.2.3 Lubricant properties

Two different lubricants were tested for this paper. A standard SAE 30 mineral oil, Castrol
MHP 153, was used to obtain a reference measurement, while the MR measurements were
performed with the MR fluid MRHCCS4-A containing 70% particles by weight [119]. From
this point on these lubricants will be referred to as ’Oil’ and "MR 70%’ (or simply "MR’)
respectively. An Anton Paar MRC 302 rheometer [136] with a cone-on-plate geometry was
used to measure the viscosity of the two lubricants as a function of temperature, shear rate,
and magnetic field strength (only for the MR fluid), the results are shown in figure 5.3. The
shear-thinning properties of the MR fluid are visible in figure 5.3b, and all figures (figure
5.3c in particular) show the increase in viscosity with increasing magnetic field strength.
It can also be seen that the effect of very strong magnetic fields is relatively minor due to
the effects of magnetic saturation of the particles. Finally, figure 5.3a shows that similar
to oil, the MR fluid viscosity decreases with temperature, but interestingly this decrease
is stronger when no magnetic field is applied. The reduced influence of temperature on
the viscosity when a magnetic field is present is the result of the influence of the particle
structures, which are not influenced by temperature (below the Curie temperature) [48,
127, 137]. This means that the relative increase in viscosity due to the application of a
magnetic field actually goes up when the temperature increases.

To be able to use this viscosity data in the numerical model (described in section 5.2.4),
a viscosity model can be fitted to the data. The Bingham plastic and Herschel-Bulkley
models are frequently used for this purpose, both of these models use a yield stress to
represent the very large increase in viscosity (almost a solidification) at shear stresses
near zero. More important is that the Herschel-Bulkley model also incorporates shear-
thinning, which is generally considered to make it more accurate for use in high shear
rate applications (such as journal bearings) [6, 11]. The Herschel-Bulkley model is rep-
resented by equation 5.1, where |7| and |)7| are the shear stress and shear rate magnitudes
respectively, K is a proportionality constant called the consistency index, 7, is the yield
stress, and m is the flow index that determines whether the fluid is shear-thinning (m < 1)
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Figure 5.3: Viscosity measurements for the reference oil and MR fluid used to perform the experimental invest-
igation. a) Viscosity as a function of temperature for a constant shear rate. b) Viscosity as a function of shear
rate for a constant temperature. c) Viscosity as a function of magnetic field strength for a constant temperature
and shear rate.

or shear-thickening (m > 1).
7| = 7, + K]y|™ (5.1)

This equation can be rewritten to the form |7| = r7|)7/>|, and isolating the apparent viscosity
n then results in equation 5.2 that can be fitted to the rheometer data. For this equation it
is assumed that the shear stress in the fluid is larger than the yield stress.
7, + K|y|™
A 17l (5.2)
vl

However, in its current form, the Herschel-Bulkley model does not yet include the effects
of variations in magnetic field strength H or temperature T. Starting with the former, only
limited literature could be found about magnetic field strength-dependent MR Herschel-
Bulkley fits (or Bingham fits). One paper describes the use of an asymmetrical sigmoidal
(’S’-shaped) function to model the relation between yield stress and magnetic field strength,
while keeping the other Herschel-Bulkley parameters constant [132]. Similar symmetric
sigmoidal functions have also been used to describe the ’S’ shape of a standard magnetisa-
tion (hysteresis) curve of a solid, where the initial linear relation between magnetisation
and field strength tapers off once the material saturates [138, 139]. Based on this informa-
tion, it was found to be possible to fit the MR fluid viscosity data at a constant temperature
by allowing all three Herschel-Bulkley parameters to depend on magnetic field strength
with a symmetrical sigmoidal function. Specifically, the error function was used, resulting
in equation 5.3 where C is one of the three Herschel-Bulkley parameters (z,, m or K), ¢
to ¢, are the fit constants, and H is the magnetic field strength in Am™.

C=cerflc;(H-c3))+ ¢y (5.3)

With equation 5.3, the Herschel-Bulkley model was fitted to the viscosity data from figure
5.3 for a constant temperature of 36°C (the assumed fluid film temperature in the bearing).
Finally, including the effect of variations in temperature was achieved by simply multiply-
ing the Herschel-Bulkley fit at 36°C with a normalised exponential expression, resulting
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Table 5.2: Coefficient values for the magnetic field strength-dependent
Herschel-Bulkley viscosity fit of MRHCCS4-A.

C  Unit ¢ cy c3 [N

r, Pa 6605 5151x107  1.601x10° 5013

K Pa-s™ 2103 1.007x10™>  2.553x10°  210.7

m - 0.9614 1.039x10™  1.570x10°  1.992

g °c’ 3.638x1072  3.785x107° 0 -4.260 x 1072

in equation 5.4 where f is the temperature-viscosity coefficient and Ty = 36°C. A similar
viscosity-temperature dependence for MR fluids has been found previously in literature
[137], although the slightly more complex Arrhenius equation was used in that case.

o|m
g KN oy (5.4)
¥l
The magnetic field strength—dependence of  could be modelled with equation 5.3 as well,
the final values for all of the fit constants for 7,,, m, K, and f are shown in table 5.2. The
viscosity model obtained with these values combines three basic relations for the rheology
of an MR fluid, relating apparent viscosity to shear stress (Herschel-Bulkley), temperature
(exponential fit), and magnetic field strength (symmetric sigmoidal). For engineering pur-
poses this basic combination was found to be sufficiently accurate: at a constant temperat-
ure of 36°C, with varying shear rate and magnetic field strength, this fit has a normalised
RMSE of 0.044, for temperatures of 20°C and 70°C this changes to 0.0858 and 0.102 respect-
ively. Keeping the magnetic field constant instead and fitting for varying shear rate and
temperature results in a normalised RMSE of 0.0866 at 0kAm™! and 0.0580 at 440kAm™!.

5.2.4 Numerical model
The experimental measurements obtained with the setup have been compared to a nu-
merical model that was developed previously. This paper will only show the equations
required to solve the numerical model, for the full derivation the reader is referred to our
previous paper [140]. The aim of the comparison in this paper was to verify the accuracy
of the model when applied to MR fluids, and to check its usefulness for optimisation of
the magnetic field. This isothermal model is based on the laminar 2D Reynolds equation
and incorporates cavitation, as well as the non-Newtonian characteristics of an MR fluid.
Starting with the Herschel-Bulkley model, the apparent viscosity is once again determ-
ined by rewriting equation 5.1 using the form |7| = 77|}?/|, but unlike equation 5.2 where the
viscosity was expressed as a function of the shear rate, equation 5.5 shows the viscosity
as a function of the shear stress.

1

Kn|7|
=T 1
f(7-1,)" (5.5)
f- 1 if |7=1,
0 if |F<r

y




80 5 The MR-lubricated bearing

Figure 5.4: The position of the shaft inside the bearing is defined with the eccentricity ¢ and the attitude angle
¢,, with the applied load W, acting on the shaft. The curved arrow on the left indicates the rotation direction of
the shaft.

In order to use the Herschel-Bulkley model with the Reynolds equation, a modification is
required to allow viscosity variations over the film thickness. To account for this, a gen-
eralised Reynolds equation has been derived following the method pioneered by Dowson
[70], resulting in equation 5.6. Here Fy, F;, and F, are flow factor integrals that depend
on the apparent viscosity, i, is the velocity of the shaft, and h is the film thickness given
by equation 5.7, with nominal film thickness hy, eccentricity ¢, and attitude angle ¢, (see

figure 5.4).
2

§<—h3(1¢2 - i—l)§§+ ¢h(1 - %)a’b> =0 (5.6)

h =hy(1+ecos(p-¢,)) (5.7)

In this Reynolds equation, cavitation is included using mass-conserving JFO boundary
conditions, which are implemented by replacing both the pressure p and lubricant fraction
¥ with functions of a new variable & (see equations 5.8 and 5.9) [52]. By assuming that
every point in the bearing is either part of a full film region (p > 0, { = 1) or a cavitated
region (p = 0, 0 < ¢ < 1), the generalised Reynolds equation can be solved for &, with
the positive part representing the pressure, and the negative part representing the mass
fraction.

p=(£=0)¢ (5.8)
Y=1+(&<0)csé (5.9)

Numerical stabilisation is required to prevent oscillations in the convection-dominated
cavitation region, in this case artificial diffusion has been implemented which is controlled
by the variable ¢ in equation 5.9. It is possible to calculate the minimum value of cf that
will still prevent oscillations [52, 140], which results in equation 5.10, where h,, is the local
mesh size.

(F F12> i (5.10)
cr=\Fh-—)|—/—— :
/ F he(l—i)ﬁb

0

The flow factors that appear in the Reynolds equation are calculated with equation 5.11,
where the inverse of the viscosity is integrated over the film thickness coordinate z. As
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Axial coordinate y/L [-]

Z

(55)

—n —-n/2 0 n/2 n
Angular coordinate ¢ [-]

Figure 5.5: The 2D computational domain of the journal bearing. Two inlets spanning the entire axial length of
the bearing are indicated at ¢ = -7/2 and ¢ = 7/2. A row of three magnets is placed at ¢ = 0, their dimensions
can be found in table 5.1 and the pole of the magnets that is closest to the fluid film is indicated with N(orth) or
S(outh).

can be seen in equation 5.5 for the viscosity, this requires a formula for the shear stress 7
as a function of z, which is provided by equation 5.12.

h g
Fnzj Z iz (5.11)
o N
F\. 14
7= (z——1>vP+—b (5.12)
Fy Fy

Finally, a solution to the numerical model is obtained by solving the Reynolds equation
(equation 5.6) for &, equation 5.11 for the flow factors F,, F;, and F, and the horizontal
and vertical load balances F, and F, for the shaft attitude angle ¢, and eccentricity ¢
respectively (equations 5.13 and 5.14)"

F, = HspsinngA =0 (5.13)

F, = JchosquA— W, =0 (5.14)

Magnetic field calculation

The final requirement for solving the numerical model is the magnetic field in the film,
which will be determined numerically. For this paper, the magnetic field that was used in
the experiments was generated by three neodymium permanent magnets placed side-by-
side in the axial direction, as shown in figure 5.2. During these experiments, the strength
of the magnets was varied (by changing their length, denoted by dimension L3) as well as
their angular position (in the ¢-direction). Figure 5.5 shows the 2D computational domain

Footnote not present in original publication - A small mistake was made in writing down these equations, the
surface integral is written as [[; which means the differentials should be written as dS instead of dA.
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Figure 5.6: The fluid film magnetic field strength H in a) the axial and b) the circumferential directions for
different magnet lengths L3. The legend indicates the length of the magnets, and the peak field strength value.
By increasing the size of the magnets, the magnetic field in the fluid film is increased. Note that the polarity of
the central magnet in figure 5.5 was switched from S to N to reach the strongest field with a peak strength of
465kAm™.

of the Reynolds simulation, where the angular position of the magnets is indicated with the
angle 6. Note that the polarity of the magnets was alternated in an attempt to reduce the
magnetic field strength in the film outside the area covered by the magnets. This was done
in an attempt to reduce the friction increase, since the magnetic field simulations indicated
that with opposing polarities, the strength of the field far away from the magnets would
be much lower (relative to the strength close to the magnets) compared to having the same
polarities. The aim was to use this to focus the viscosity increase on the area of the film
directly below the magnets, while limiting the viscosity increase far away, thereby limiting
the increase in friction. One experiment has also been performed where the polarisation
of the magnets was not alternated, to maximise the magnetic field in the film.

For the purposes of the magnetic field simulation, only the magnets themselves, the
housing, and the shaft are considered. Both the inner and outer bearing bush are non-
magnetic, and the influence of magnetisable components outside the bearing housing was
found to be negligible. Furthermore, small features in the geometry of the housing (in-
ternal channels, bolt holes, bolts, etc...) are removed to reduce complexity, meaning that
the final bearing housing geometry is axisymmetric in the simulation. As a result, the mag-
netic field in the film is only calculated for different magnet sizes at 6 = 0, for other angles
0 that magnetic field solution is simply shifted in the ¢-direction by 0 radians. The result-
ing 3D magnetic field simulation is implemented in the FEM software package COMSOL
Multiphysics® 6.1 [51] with the standard ’Magnetic Fields, No Currents (mfnc)’ interface.
This simulation is almost identical to the one performed in our previous work, for details
about the implementation in COMSOL or the computational geometry, the reader is re-
ferred to that work [105]. The only difference with that paper is the variation of the length
of the magnets. The resulting magnetic fields in the fluid film are shown in figure 5.6 as a
function of this length and for a constant magnet angle of 6 radians. The strongest mag-
netic field in this figure, with a peak strength of 465kAm™!, is the field that was created
by placing all three magnets in the same polarity direction (switching the polarity of the
central magnet from S to N, see figure 5.5). This is the reason why the magnetic field
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strength does not go to zero in between the magnets, in contrast to the other magnetic
fields. For simplicity, the magnetic fields will be referred to by their peak field strength
values from now on.

Software implementation

The full numerical model is solved with the FEM software package COMSOL Multiphys-
ics® 6.1 [51]. The Reynolds equation and flow factors (equations 5.6 and 5.11) are im-
plemented as General From PDE’s with quadratic Lagrangian shape functions, while the
load balances (equations 5.13 and 5.14) are implemented as global equations. Note that the
flow factor integrals are evaluated with COMSOL’s numerical integration routine integ-
rate. The 2D computational domain on which the equations are solved is meshed with
a structured quadrilateral mesh with 10000 (100 x 100) elements. The domain is shown
in figure 5.5, a periodic boundary condition is used to connect the solution at ¢ = -7 and
¢ = 7 (equation 5.15), while Dirichlet boundary conditions setting & = 0 are placed on both
the inlets at ¢ = —7/2 and ¢ = 7/2 and outlets at y = 0 and y = 1 (equation 5.16). A constant
pressure boundary condition has been chosen for the inlets, because while the lubricant
is being pumped by a constant volume pump, the inlet grooves extend along the entire
length of the bearing and connect directly to both outlets. For this reason it is expected
that the bearing will only take as much lubricant from the inlet flow as it needs, while the
rest of the inflowing lubricant flows directly to the outlets through the inlet grooves.

§pz = §¢:§ (5.15)

2

T T
E=0 at y:O,y:I,gb:—E,(ﬁ:E (5.16)

The problem is solved with the standard COMSOL Newton-Raphson solver with under-
relaxation for a total of 311010 degrees of freedom, convergence is assumed when the
relative tolerance on the solution is lower than 1 x 1073, The model has been validated
for a relative tolerance of 1 x 107® (see also [140]), as an indication, the difference with
a tolerance of 1 x 1073 is on average about 0.1% for the film thickness. The solver uses
three steps, the first step solves only the Reynolds equation, the second steps solves the
Reynolds equation and flow factors, and the final step solves the Reynolds equation, flow
factors, and load balances. The solver is modified slightly for the final step, where the
relaxation factor is set to a constant value of 0.2, for the other steps this factor is chosen
automatically.

5.3 Results and discussion

This section presents the results of the experimental and numerical work that was per-
formed, and is divided into three subsections. The first subsection describes an initial
optimisation of the angle of the magnets with the numerical model, and shows the exper-
imental verification. In the second subsection, this optimised angle is used while varying
the magnetic field strength and the applied load. This is done both experimentally and nu-
merically, and the results are compared with that of the reference lubricating oil. The final
subsection discusses the deviations between the numerical model and the experiments.
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¥ Experimental Numerical —— Pressure profile at optimal magnet angle
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w
o
!

T = =
= 5 0 3
> =) )
@ k)
g 20 - o 2
S 3 5 -20 &
£ + 8 2
c N - < 0 D
= 101 [ 40 8
==
E S -60
T T T T T T T T T T
-60 -40 -20 0 20 -100 -50 0 50 100
Magnet angle 6 [°] Angular position ¢ [°]

Figure 5.7: a) Minimum film thickness at 200rpm and with a peak field strength of 370kAm™, as a function
of the angle of the magnets 6. The experimental results all have error bars that indicate the maximum and
minimum film thickness that was measured during the three repetitions of every magnet angle measurement. b)
The corresponding numerical pressure profiles at the centreline of the bearing as a function of the angle of the
magnets 6. The pressure profile for the optimal angle is marked.

5.3.1 Magnet angle optimisation

It was decided to start the investigation by using the model to optimise the angle 0 of the
permanent magnets (see figure 5.5), and to use the experimental setup to verify these res-
ults. The goal of this optimisation was to find the angle where the localised increase in film
viscosity due to the magnetic field would result in the largest increase in film thickness
(or equivalently, the largest decrease in eccentricity). Since the optimal angle was found
to vary with speed, the optimisation was performed for a constant (low) speed of 200rpm,
at this speed the bearing was experimentally found to be in mixed or boundary lubric-
ation without the presence of a magnetic field. The reason for optimising at low speed,
instead of at high speed, is that in most situations the film of a bearing would already be
sufficiently thick at high speeds. Increasing the viscosity would make it even thicker, but
would mostly just reduce efficiency since it also increases friction. Optimising the mag-
netic field to increase film thickness at low speeds is expected to be more useful, since
this reduces the transition speed, meaning the minimum speed where the bearing is still
in the hydrodynamic regime. It would have been more effective to optimise the transition
speed directly, and for an oil-lubricated bearing this could be done by checking when the
minimum film thickness becomes smaller than the combined roughness of the shaft and
bearing [141]. With an MR-lubricated bearing this is not possible due to the presence of
the microparticles in minimum film, which are expected to have a large influence on the
low speed hydrodynamic performance of the bearing (as will be discussed at the end of
section 5.3.2). For that reason the model is only valid in the hydrodynamic regime.

Figure 5.7a shows the results of the numerical optimisation, with film thickness plotted
as a function of the angle of the magnets, as well as the experimental verification that was
performed afterwards for a select number of magnet angles. Note that the verification
could not be performed for magnet angles lower than -45°, since that would cause the
support bracket holding the magnets to collide with one of the inlets. Figure 5.7b shows
the corresponding numerically calculated pressure profiles at the centreline of the bearing.
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When examining the results, it can be seen that both the experimental and numerical
results indicate the existence of an optimal angle that maximises the film thickness at
minimum film. Specifically, the optimisation predicts an optimum around —42° with a film
thickness of 37.6pum, whereas the experiments show the optimum to lie around -22.5° with
a film thickness of 18.4pm.

Counter to the initial expectations of the authors, both the model and experiments
show that the optimum lies quite far upstream from minimum film (which the experiments
indicate lies between 20 < ¢ < 40 for 200rpm, depending on the exact value of 6), and that
placing magnets near or just after minimum film does not result in a higher pressure peak.
Instead, placing the magnets farther upstream from minimum film results in a lower but
also wider pressure peak, with an overall higher load capacity. Placing the magnets too
far upstream will reduce the load capacity again, since the pressure profile will be so wide
that a substantial part will act mostly in the horizontal direction.

It seems intuitive to think that this might in some way be related to the strong shear-
thinning characteristics of the MR fluid. The shear rate will be relatively high near min-
imum film, and the effect of the magnetic field on the viscosity will therefore be smaller
than in regions of the film with lower shear rates. However, rerunning the simulation
while assuming a constant shear rate for the purposes of calculating the viscosity (mean-
ing that the fluid is no longer shear-thinning and that its viscosity depends only on the
magnetic field strength) gives qualitatively similar results. It therefore seems that the
optimum may actually be caused by the geometry of a journal bearing, not by the shear-
thinning rheology of the MR fluid.

5.3.2 Varying magnetic field strength and load

In this section, experimental and numerical Stribeck curves are shown for the MR-lubricated
bearing, first with a varying magnetic field strength and then with a varying applied load.
These results will be shown alongside the results for oil lubrication, to see how MR lub-
rication compares with a more traditional lubricant. During the MR measurements, the
angle of the magnets is set to the optimal value (for the specific magnetic field used in
this research) of 6 = —22.5° identified experimentally in the previous section. It is worth
mentioning that the model predicts that the optimal angle is dependent on the magnetic
field strength, however, in this research the angle was kept constant for all measurements.
The reason for this is that the goal of these experiments was to show the effects of mag-
netic field strength and load in isolation, not to find the most optimal configuration for
this specific bearing.

Magnetic field strength variation

Figures 5.8a and 5.8b present experimental and numerical Stribeck curves for the MR-
lubricated bearing as a function of magnetic field strength (with the magnets positioned
as in figure 5.5 at § = -22.5°) for a constant load of 2.5kN/0.5MPa. Figures 5.8c and 5.8d
present the corresponding film thickness plots, and all figures also show the curves for
the bearing lubricated with the reference oil. For the experimental results, the dashed
lines represent the average of the three repetitions of every measurement, and the shaded
areas represent the maximum and minimum friction or film thickness values recorded
during those three tests. The differences between the experimental and numerical results
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Figure 5.8: Experimental and numerical Stribeck curves and minimum film thickness plots for the bearing lub-
ricated with oil and with MR with varying magnetic field strength (respectively a & ¢ and b & d). The position
of the magnets is constant, only the strength of the magnets is changed. A constant load of 2.5kN/0.5MPa is
applied to the bearing.

are obviously large, especially for the film thickness, but this will be discussed further in
section 5.3.3 as was mentioned before.

Both the experimental and numerical results do very clearly illustrate the effect that
a magnetic field has on the viscosity of an MR lubricant. Increasing the strength of the
magnetic field causes the lubricant viscosity to go up at the location of the magnets, which
in turn causes thicker films and an associated reduction of the transition speed (defined as
the speed where the friction coefficient has a minimum), but also an increase in the level
of friction in the bearing. Furthermore, the results show that seemingly minor changes in
the exact distribution of the field throughout the film can have large effects on the overall
behaviour of the system. This can be seen by comparing the (experimental) Stribeck and
film thickness curves for the field with peak a strength of 465kAm™! and the curves with
the lower peak field strengths. As an example, both the 370 and 465kAm™! fields were
created with three 20 x 20mm cylindrical magnets placed in a line in the axial direction,
but where the 465kAm™! field was generated by having the polarity of all three magnets in
the same direction, the weaker field was generated with the central magnet rotated to have
its polarity opposite to its neighbours. As discussed in section 5.2.4, this polarity change
was implemented in an attempt to reduce the friction increase by focusing the magnetic
field (and therefore the viscosity increase) on the area of the film directly beneath the
magnets. As a side effect, the peak magnetic field strength was reduced and the shape
of the magnetic field beneath the magnets was changed as well (see figure 5.6). One of
these changes did seem to have the desired effect, at least at high speed, since at 1000rpm
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the film thickness with the 465kAm™ field is around 18% higher than with the 370kAm™!
field, while the friction is more than 50% higher. However, at lower speeds the effects of
these changes are different, and the 87% increase in film thickness is accompanied by an
increase in friction of only 65%. It shows that it is very important to accurately determine
exactly which parts of the film should be magnetised when designing an MR-lubricated
bearing.

The friction and film thickness curves for the same bearing lubricated with the ref-
erence oil are shown in figure 5.8 as well. When comparing these curves with the ones
for MR lubrication, it is interesting to notice that the MR-lubricated bearing can achieve
either lower hydrodynamic friction and a higher transition speed (without a magnetic
field), or a lower transition speed and higher hydrodynamic friction (with the 465kAm™!
field), but not both lower friction and a lower transition speed. Things become especially
peculiar when looking at the curves of the bearing magnetised with the 300kAm™' mag-
netic field. Even though the hydrodynamic friction coefficient is almost exactly the same
as with oil lubrication, the transition speed is still more than 100rpm higher. In spite of
that, the film thickness plot shows that the film thickness of the MR-lubricated bearing
at its transition speed is actually slightly higher than that of the oil-lubricated bearing.
Furthermore, the transition from hydrodynamic to mixed or boundary lubrication occurs
relatively suddenly with oil lubrication, with a sharp increase in friction once the shaft
touches the bearing surface. With MR lubrication on the other hand, this transition is
much more gradual and there almost appears to be a transition region instead of a dis-
crete, well-defined transition speed. It is hypothesised that all of these effects are related,
and are caused by the presence of the large concentration of particles in the MR fluid (70%
by mass or around 20% by volume).

At high speeds, the particles will be in suspension, but when the speed is lowered and
the shaft starts approaching the bearing surface, it may be assumed that particles will be
trapped between the two surfaces. Because there are so many particles, this could result
in a layer that is multiple particles thick, with the shaft sinking further and further into
this layer the lower the speed becomes. The gradual increase in the compressive forces
would then correspond to the gradual transition increase in friction observed during the
experiments. However, while wear tests using MR lubricant have shown that particles
are present in the contact zone during boundary lubrication [54, 55], the behaviour of the
particles during very low speed hydrodynamic lubrication is not known in literature. This
will require further research.

Load variation

Figures 5.9a through c show the experimental and numerical Stribeck curves for oil and MR
lubrication at three different loads, with figures 5.9d through f showing the corresponding
film thicknesses. To illustrate the effect of the magnetic field under increasing load, the
MR fluid was tested both without a magnetic field, and with the strongest magnetic field
with a peak strength of H = 465kAm™".

Starting with the standard lubricating oil, the Stribeck curves and film thickness plots
(figures 5.9a and 5.9¢c) show that the bearing exhibits the expected behaviour, with a higher
load leading to a lower friction coefficient, a smaller film thickness, and a lower trans-
ition speed. Other than the transition speed, these trends are also captured by the hydro-
dynamic numerical model, although the absolute values clearly deviate, as was already
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Figure 5.9: Experimental and numerical Stribeck curves and minimum film thickness plots for three different
loads. As indicated in the legend, the line type specifies whether the Stribeck curve is experimental (dashed
lines with markers) or numerical (solid lines), while the line colours indicate the applied loads. Tests were
performed with oil lubrication (a & d), MR lubrication with zero magnetic field (b & €), and MR lubrication with
a strong magnetic field (¢ & f).

Note that the high load oil measurements were accidentally performed at 8.0kN/1.6MPa instead of 7.5kN/1.5MPa.

observed in the previous section. Comparing these curves with those of the unmagnet-
ised (figures 5.9b and 5.9¢) and magnetised (figures 5.9c and 5.9f) MR-lubricated bearing
does not immediately show any qualitative differences. It should be noted that all MR
fluid measurements were performed with a higher starting speed of 1500rpm, the max-
imum speed of the motor. This was necessary for the measurements with unmagnetised
MR lubricant loaded to 5.0kN and 7.5kN. Due to the low viscosity of the unmagnetised MR
lubricant the bearing never reached hydrodynamic lubrication when starting at 1000rpm
with these loads, and even 1500rpm was not high enough with a load of 7.5kN. Applying
the magnetic field solved this issue by reducing the transition speed to around 1000rpm
for this load, demonstrating once again the large effect of the magnetic field on the MR
lubricant viscosity.

However, there does appear to be a difference in the way that the performance of the
oil and MR-lubricated bearings scales with the applied load. This is especially obvious
when comparing the transition speeds. At the lowest load, the transition speed of the
MR-lubricated bearing goes from around 500rpm without magnetic field to around 75rpm
with magnetic field, which is actually slightly lower than the 100rpm transition speed of
the oil-lubricated bearing. In contrast, at the highest load the transition speed is only
around 1000rpm with magnetised MR lubrication, compared to around 500rpm with oil.
The medium load of 5kN falls in between these two extremes.

The reason for this difference in scaling can be likely attributed to the shear-thinning
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Figure 5.10: A representative example of the loci of the shaft as measured on the left and right sides of the bearing.
The diamonds represent the data points obtained during the clearance circle measurement, the solid lines are the
circles fitted through these data points, and the green circles represent the locus measurements for oil lubrication
at 2.5kN / 0.5MPa.

characteristics of the MR fluid. Higher loads will lead to higher film pressures, and there-
fore to higher shear rates, in particular in the converging section of the film where the
pressures are large. Higher shear rates will reduce both the viscosity itself, and the in-
crease in viscosity due to the application of a magnetic field (see figure 5.3b). At a higher
load, the bearing will therefore experience (relative to lower load) a smaller increase in
film thickness and friction, meaning also a smaller reduction in the transition speed, which
is exactly what was observed experimentally. Some of this could likely be mitigated by
magnetising a larger amount of fluid in the film, for example by adding additional rows of
permanent magnets parallel to the single row used in the experiments (see figure 5.5). This
would increase the amount of magnetised, high viscosity lubricant, thereby increasing the
pressure generation. Similarly, stronger magnetic fields could be used, although it should
be taken into account that the particles in the fluid will saturate at some point. All in all,
it seems that the shear-thinning properties of the MR lubricant used in this research may
necessitate these additional measures when the load on the bearing increases, which is
obviously not the case with standard Newtonian lubricating oils.

5.3.3 Discussion on the numerical model

As was remarked in the previous sections, there are clear and large deviations between
the experimental and numerical results presented in figures 5.7 through 5.9, both for the
friction coefficient and for the film thickness. Though the general trends in friction and
film thickness are similar for both the experimental and numerical results, the quantitative
differences are large enough to require additional investigation. Three main ways have
been identified in which the numerical results differ from the experiments, these will be
referred to as points 1, 2, and 3 hereafter:

1. The model overpredicts both the friction coeflicient and the film thickness for all
operating conditions, independent of the type of lubricant.

2. The model underpredicts the increase in film thickness due to an increase in mag-
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netic field strength with the MR-lubricated bearing (figures 5.9e and 5.9f).

3. The model does not predict any differences between oil and unmagnetised MR lub-
rication, even though the experimental results clearly show that such a difference
exists (figures 5.9d and 5.9¢).

To explain these differences, an extensive investigation was performed into phenom-
ena that were not included in the initial model, but could feasibly affect the experimental
results. This included effects such as elastic deformation of the steel and polymer bear-
ing sleeves and of the steel housing, actuator and bearing housing misalignment, wear or
running-in of the polymer bearing sleeve, and the exact inlet boundary conditions used
in the model. For the specific setup in this paper, all of these effects were found to have
negligible influence on the film thickness and friction of the bearing. The rest of the sec-
tion will discuss the remaining phenomena that are expected to play a larger role in the
experiments.

Bearing sleeve shape errors

The first phenomenon that is expected to affect the performance of the bearing is related to
the bearing geometry. As was mentioned in section 5.2, the film thickness in the bearing is
determined as a function of shaft speed by averaging the film thickness measured on both
sides of the bearing with two sets of two capacitive distance sensors mounted 90° apart.
These sensors are calibrated by measuring the clearance circles of the bearing, which are
effectively constructed by loading the bearing at zero speed such that the eccentricity of
the shaft is set to ¢ = 1. The capacitive sensors are read out in this position, and this
process is then repeated for a number of attitude angles 0 < ¢, < 27 (12 positions were
used in this paper). The resulting measurements form collections of points through which
the clearance circles can be fitted, which will always bound the shaft locus measurements
for non-zero speeds since ¢ < 1 in that case. Figure 5.10 shows a representative example
of the loci and (one half of) the clearance circles measured on both sides of the bearing,
examining the differences between side 1 and 2 immediately reveals two issues. First of
all, the radial clearance on side 1 is 25pm larger than on side 2 (170pm vs 145pm) which
means the bearing is tapered, this was also verified with a 3-point micrometer. Second, the
collections of data points forming the clearance circles do not lie perfectly on the fitted
circles, the fits have standard deviations of 9.0 and 6.0pm for sides 1 and 2 respectively,
indicating cylindricity errors. Specifically, on side 1 the data points indicate the presence
of a shallow groove between roughly 10 and 30°, with the locus showing that the shaft
gets stuck in this groove at low speeds. On side 2 this groove is not present, the radial
clearance in that location is instead smaller than predicted by the fitted circle, causing the
shaft locus to move towards the 0° position as expected. Due to these shape errors, and
due to the differences in shape between the two sides, the shaft and bearing are forced
into a mostly horizontal misalignment at low speeds, with an 8.5° difference in attitude
angle at the lowest speed. Compare this to the highest speed, where the attitude angles
are effectively the same on both sides. In contrast, the amount of vertical misalignment
seems minimal since the eccentricities on both sides are fairly similar at the lowest speeds,
on both sides the loci approach the actual clearance circles implied by the data points when
the speed is lowered. The lack of vertical misalignment in spite of the taper of the bearing
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means that the bearing has rotated such that it is parallel to the shaft around minimum film,
which is possibly because the load is applied to hydrodynamic bearing housing through a
hydrostatic bearing, which is not perfectly stiff against rotations.

The reasons for the existence of these shape errors are not known exactly, but sim-
ilar issues have been observed before with polymer bearings for water lubrication [141].
Possible causes of the shape errors were stated to be machining or assembly errors, water
soaking, thermal expansion, and/or progressive wear. Since the shape errors of the bear-
ing in the current paper were already present before the start of the first measurement,
machining or assembly errors seem the most likely.

The exact influence of these shape errors on the film thickness and friction coefficient
in the model is difficult to determine without accurately measuring the entire geometry of
the bearing sleeve, which is not a trivial task. However, it is known that shape errors can
have a large (negative) effect on the film thickness of a journal bearing [142], which means
it is feasible that these errors are at least part of the reason for the poor predictions of the
model (specifically points 1 and 2 at the start of section 5.3.3). It is also feasible that the
misalignment of the shaft at low speed affected the optimal position of the magnets (see
figure 5.7), possibly explaining why the predicted optimum differed from the measured
one. For these reasons it is recommended that future research using polymer bearings
for MR lubrication focuses on careful machining and verification of the bearing shape, to
minimise any errors in the geometry.

Film temperature

Another likely reason for some of the differences between the model and experiments
relates to the temperature of the fluid film in the bearing. Based on the measurements of
the thermocouples in the sleeve and in the outlet flow, the fluid film was assumed to be
isothermal at 36°C for the purposes of the model. However, these thermocouple measure-
ments are likely poor indicators of the actual film temperature. The reason for this is that
thermocouples T0 through T2 in the sleeve (see figure 5.2 for their placement) only meas-
ure the temperature of the outer steel sleeve used to reinforce the inner polymer bearing
bush. This was done to make manufacturing and assembly easier, but since polymers con-
duct heat poorly the thermocouples are separated from the fluid film by 4mm of what is
effectively an insulator. After this was realised, thermocouples T3 and T4 were placed in
the outlet flow in an attempt to get a better estimate. While the temperatures reported
by these thermocouples were 1 to 2 degrees higher, these results were found to be poor
indicators as well due to the design of the lubrication grooves. To simplify manufactur-
ing, these grooves span the entire axial length of the bearing meaning that part of the
0.3Lmin"" inlet flow of cold 32°C lubricant will flow directly to the outlets. T3 and T4
therefore measure the temperature of a mixture of hot and cold lubricant, and cannot be
used as an indication of the film temperature either.

All in all, it can be concluded that the thermocouples used in the setup underestimate
the actual film temperature. Since higher film temperatures will result in lower friction
and film thickness, this issue could address point 1 in section 5.3.3. To investigate this a bit
more, figure 5.11 shows the experimental results for varying bearing load from figure 5.9,
with updated model results for a constant temperature of 45°C. At this film temperature,
the model was found to fit the experimental film thickness results for oil lubrication very
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Figure 5.11: Experimental and numerical Stribeck curves and minimum film thickness plots for three different
loads. As indicated in the legend, the line type specifies whether the Stribeck curve is experimental (dashed
lines with markers) or numerical (solid lines), while the line colours indicate the applied loads. The experimental
data in this figure is identical to the data in figure 5.9, but the numerical results are for an isothermal fluid film
temperature of 45°C, instead of 36°C.

Note that the high load oil measurements were accidentally performed at 8.0kN/1.6MPa instead of 7.5kN/1.5MPa.

well (figure 5.11d), and predicts very similar slopes for the friction coefficients (figure
5.11a). A film temperature of around 45°C does not seem unreasonable based on the 36°C
measured at the thermocouples, especially when considering that the film temperature
could also be lower when the effects of the shape errors discussed in the previous section
are taken into account.

The model results for MR lubrication at 45°C fit the experiments less well, especially for
the film thickness, even though there are improvements. Specifically, the increase in film
thickness due to the application of the magnetic field (point 2 at the start of section 5.3.3)
matches the experimental results more closely at higher temperatures. For example, at
1500rpm the increase in film thickness changes from 12.8 to 23.5um when the temperature
goes from 36 to 45°C, with the experiments showing a 24.3um increase. The reason for this
is the dependence of the temperature-viscosity coefficient f on the magnetic field, with
B rapidly becoming smaller with increasing field strength H (see section 5.2.3 and figure
5.3).

The absolute difference in film thickness is still large for the MR-lubricated bearing at
45°C. In fact, the isothermal temperature of the film would have to be 60°C for the unmag-
netised bearing and 80°C for the magnetised bearing to have the model match the exper-
iments. While it is to be expected that the magnetised bearing would have a higher film
temperature due to the increased viscosity, these temperatures seem unrealistic consider-
ing the thermocouple measurements (despite their flaws). For the MR-lubricated bearings,
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temperature is therefore probably not the only effect with a significant influence on bear-
ing performance.

Finally, it should be noted that the film temperature will not be isothermal in real-
ity, which is something that can also affect the model results. With the model used in
this research, determining the full 3D temperature profile inside the film requires solving
an energy equation for the temperature in addition to the generalised Reynolds equation
which is solved for the pressure, this has been done previously in literature [143]. The re-
lation between viscosity and temperature is already defined by equation 5.4, meaning that
the main difficulty lies with applying proper boundary conditions. For example, thermal
conduction in the shaft would probably have to be taken into account, as well as the tem-
perature distribution in the lubrication grooves.

MR fluids at very high shear rates
The final effect that could explain some of the differences between the model and the ex-
periments is the behaviour of the MR fluid at very high shear rates. MR fluids are generally
used in damping or braking systems where the shear rates are relatively low, and because
of this commercially available rheometers for MR fluids focus on this low shear regime as
well. For example, the cone-on-plate rheometer that was used for this paper is only cap-
able of measuring shear rates up to 4000s™!, at higher shear rates the fluid will be flung
out of the gap due to the centrifugal forces. However, the numerical model shows that
the shear rates in the film of the journal bearing setup are expected to have orders of mag-
nitude of around 1x 10* to 1x 10°s™! (depending on the operating conditions), much larger
than the shear rates that can be attained by any of the commercial magnetorheometers
(which should be capable of both temperature and magnetic field control). The only high
shear rate (up to 4 x 10%s™1) viscosity measurements that could be found in literature were
performed with custom-built magnetorheometers and different MR fluids [37, 144, 145].
In this paper, the high shear viscosity data required in the model was instead obtained
by extrapolating the low shear rheometer data with the Herschel-Bulkely viscosity model
(see equation 5.5). While the literature on custom high shear magnetorheometers found
that this model can fit high shear rate MR viscosity curves quite well, that does not change
the fact that the viscosity is still extrapolated over 1 to 2 orders of shear rate magnitude in
our case. It is possible that errors resulting from this extrapolation could explain the differ-
ences between the model predictions for MR and oil lubrication as described by point 3 in
section 5.3.3, since this issue does not affect the viscosity measurements of the Newtonian
reference oil. However, this is impossible to find out without actually testing the MR fluid
at these high shear rates using an appropriate (custom-built) magnetorheometer.

5.4 Conclusion

In the current research, the Stribeck curves and film thickness plots of a hydrodynamic
journal bearing were compared experimentally and numerically for oil and MR fluid lubric-
ation, under different loads and for different magnetic field strengths. Since the MR fluid
used in this research had a lower viscosity than the oil when not magnetised, it was found
experimentally that MR lubrication without a magnetic field resulted in thinner films and
a higher transition speed, but also in lower hydrodynamic friction. On the other hand,
a strong magnetic field caused a large increase in film viscosity and resulted in the thick
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films and low transition speeds frequently reported in literature, as well as the associated
friction increase. Interestingly, it was not possible to obtain both a lower transition speed
and lower high speed hydrodynamic friction with the MR lubricant compared to standard
oil lubrication, irrespective of the magnetic field strength. This could be a negative influ-
ence of the presence of the MR particles in minimum film during low speed hydrodynamic
lubrication. Finally, increasing the bearing load was found to lead to a reduction in the
effect of the magnetic field on film thickness, transition speed, and friction coefficient,
most likely because of the shear-thinning characteristics of the MR fluid combined with
the higher shear rates due to the increased film pressures.

Designing a model to accurately capture all of these effects turned out to be difficult,
with large deviations between the model predictions and the experimental findings. Part
of this is probably related to the complex and only partially known rheology of an MR fluid,
with a viscosity that depends on shear rate, magnetic field strength, and temperature. In
this paper a basic relation was constructed for the apparent viscosity based on rheometer
viscosity data as a function of these three parameters, showing this complexity. The other
part of the deviations was likely caused by geometry errors in the polymer bearing used
in the experiments. A polymer bearing was chosen for its wear properties under MR
lubrication, but it has been found in literature that polymer bearings are more difficult to
work with than traditional metal bearings, sometimes resulting in shape errors similar to
those observed in the bearing used in this research. For that reason it is recommended that
future research using MR-lubricated polymer bearings focuses on preventing geometry
errors during the fabrication process.
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Addendum - modified Hersey numbers for MR fluids

Throughout this dissertation all Stribeck curves show the friction coefficient as a function
of the shaft speed instead of the Hersey number, because, as was stated in the introduction:
”Since MR fluids are shear-thinning and the shear stress varies throughout the film of a
journal bearing, the viscosity of an MR film will vary throughout the bearing even when
unmagnetised. The Hersey number, which is calculated with a single value for the viscos-
ity in the entire bearing, is therefore no longer well defined” (see page 5). That claim is
still correct, however, it might be possible to define a new Hersey number that depends on
some other quantity that is representative of the viscosity in the bearing. If done correctly
this quantity should reduce to the standard Hersey number for a Newtonian fluid, and
would allow for a collapse of the MR Stribeck curves to one master curve. This addendum
explores that concept for some of the experimental and numerical results shown in this
chapter, and will present two possible choices for an alternative Hersey number.

The standard Hersey number is defined by equation 5.17, where 7y, is the (usually
Newtonian) fluid viscosity, n is the shaft speed, and P is the projected load.

NHe 1

Hersey number = (5.17)

It seems reasonable to assume that with a non-Newtonian MR fluid the viscosity term in
the Hersey number would in some way depend on the apparent viscosity 1, meaning that
nae = f(n) = g(H,n) with H the magnetic field strength. Since np, should be a constant
that represents the entire fluid film, a simple first approach would be to set 1y, equal to
the volumetric average of the apparent viscosity throughout the fluid film. The resulting
modified Hersey number will be called ’variant 1’ from now on. The second approach,
’variant 2’, is very similar but will instead use one of the flow factors to get a measure of
the film viscosity. For both variants the numerical model will be used to calculate ng, for
the numerical and experimental Stribeck-Hersey curves.

Variant 1 - average viscosity

The volume-averaged apparent viscosity will always reflect any changes in the viscosity
of the fluid film, even if only a small part of the film is magnetised. To obtain it, the height-
averaged shear rate |)7| avg is calculated first by rewriting equation 5.5 using 7] = r]|}7\ to
isolate the shear rate, which is then averaged over the film thickness resulting in equation
5.18.

1
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Using equation 5.4 (at 36°C) then leads to the volume-averaged viscosity that will be
used in the Hersey number, as shown by equation 5.19.

1 T +K|;|m
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NHe = EH 2 T s (5.19)
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Note that it is not possible to average the apparent viscosity (equation 5.5) directly,
since this term will go to infinity when the shear stress is lower than the yield stress at
any point in he film. The height-averaged shear rate is determined first as a workaround,
because it is zero at those locations (instead of infinity).
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Figure 5.12: Stribeck-Hersey curves as a function of magnetic field strength for variant 1 (subfigures a and b)
and variant 2 (subfigures ¢ and d) of the modified Hersey numbers, as well as Stribeck curves as a function of
the shaft speed n (subfigures e and f) which were previously presented in figure 5.8. All of these Stribeck curves
were recorded with a constant load of 2.5kN.

Variant 2 — average flow factor

The second modified Hersey number was conceived after it was noticed that the flow factor
Fy (equation 5.20) is equal to the height-averaged inverse apparent viscosity when divided
by the local film thickness. This approach therefore uses the average of the inverse of
Fy as a measure of the film viscosity, see equation 5.21. This is convenient since F; is
calculated and stored during the FEM solution process, which means it is more easily and
more quickly accessible than the volume-averaged apparent viscosity from variant 1.
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Figure 5.13: Stribeck-Hersey curves for variant 1 (subfigures a and b) of the modified Hersey number, and the
Stribeck curves as a function of the shaft speed n (subfigures ¢ and d) which were previously presented in figure
5.9. The results for variant 2 of the modified Hersey number are not presented here since they were very similar
to the results with variant 1.

Results

Figure 5.12 shows experimental and numerical Stribeck-Hersey curves as a function of the
magnetic field strength for both variants of the modified Hersey number using the friction
data that was previously presented as a function of the n in figure 5.8. The viscosities g,
used to determine the Hersey numbers were calculated with the numerical model. As can
be seen when comparing the experimental results in figure 5.8e with figures 5.8a and 5.8c,
for both variants the curves with magnetic field strengths between 0 and 370kAm™! more
or less collapse to a single curve (variant 2 is especially effective here). However, in both
cases the curves for oil lubrication and for lubrication with the strongest magnetic field (of
465kAm™!) form clear outliers. Similar results are shown by the numerical curves. The fact
that oil lubrication results in a lower transition point matches with earlier observations,
and is likely caused by the presence of the particles in minimum film for speeds close
to the transition speed, as discussed in section 5.3.2. A reason for why the 465kAm™1
curve forms an outlier is less readily available, though it could very well be related to the
slightly different way in which this field was generated compared to the weaker fields
(with the polarity of all magnets in the same direction, compared to the weaker fields
where alternating polarity was used, see figure 5.6). Perhaps this difference is caused by
the larger amount of fluid that is magnetised with the strongest magnetic field, or by the
change in the shape of the area that is magnetised. At the very least it is clear that this
result is not a fluke, figure 5.13 shows Stribeck-Hersey curves for various applied loads
which reveals that the 465kAm™! curves form outliers in those experiments as well. In
fact, the curves do collapse to a single curve when looking at the figures for 0kAm™! and
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465kAm™! individually, but not when taken together, meaning that the load dependence of
the Hersey number is likely not affected by the non-Newtonian nature of the MR lubricant.

Overall, it is obvious that the suggested modified Hersey numbers are not capable of
capturing all of the complexities of an MR-lubricated bearing. This is not entirely unexpec-
ted, since fundamentally both variants use an average of the apparent viscosity throughout
the fluid film volume. Such an average cannot be expected to account for the large effect
that the (angular) location of the magnets has on the performance of the bearing (see fig-
ure 5.7). For example, placing the magnets at the location where the film is maximum will
have a large effect on the average viscosity and therefore on the modified Hersey num-
bers compared to the unmagnetised situation, but at the same time the transition speed
will likely be similar or the same for both cases (meaning that the modified Hersey num-
bers should not change either). Next to that, the figures presented in this section indicate
that even when location remains the same, changes to the size or shape of the magnet-
ised area may also have effects on the Hersey number that are not captured by a simple
viscosity average. In spite of all of this, it is interesting to see that the modified Hersey
numbers do cause a collapse when the magnetic field strength is scaled without changes
in shape or location, leading to the question of whether this result will hold when such an
experiment is repeated with the magnets in a completely different location. In the end it
is clear that the entire concept of a modified Hersey number for MR lubrication requires
further investigation (such as a classical dimensional analysis), but the findings from this
section might prove useful as a starting point.
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MR-lubricated rubber bearings

After the conclusion of the wear tests of MR-lubricated hydrodynamic journal bearings as de-
scribed in chapter 4, two promising sleeve materials had been found. Polymer sleeves showed
a 3 to 7 times increase in the volumetric wear of the shaft and sleeve compared to the reference
test, but despite the increase in wear this still meant a massive improvement over the 2 orders
of magnitude increase observed with bronze sleeves. The hydrodynamic performance of these
polymer sleeves has been discussed in chapter 5. The other promising material was rubber,
with the steel shaft used in combination with the rubber sleeves showing minimal wear, even
less than the shaft in the reference test. The amount of wear of the sleeve could not be de-
termined properly due to the elasticity of the rubber, but based solely on the (lack of) shaft
wear, it was still thought to be interesting to experimentally investigate the hydrodynamic
performance of this bearing material. Those results will be discussed in this chapter.
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6.1 Introduction

T he use of rubber to create hydrodynamic (journal) bearings is a relatively old concept,
which has been explored and applied since early in the 20" century [1]. The main ad-
vantage of rubber as a bearing material is its low elastic modulus compared to other, stiffer
materials such as metals or polymers. In a bearing application this will result in large,
non-negligible deformations of the bearing surface, frequently of the order of magnitude
of the nominal film thickness [146]. Specifically, the rubber will deform to accommodate
to the shape of the shaft, creating a very efficient fluid film with lower peak pressures and
therefore an improved load capacity compared to stiffer materials [147]. An additional
advantage is that this allows the system to function properly even in the case of geometry
errors or misalignment. For example, in real world applications misalignment of the shaft
and bearing can be a serious problem [148], resulting in higher and asymmetric film tem-
peratures, reduced load capacity, and increased wear [149-152]. With a rubber bearing,
the rubber surface will simply deform on the edge where the shaft is closest to the bearing,
resulting in a better distribution of the load over the surface and preventing the worst of
the problems mentioned above [141] (although it should be noted that misalignment is to
be avoided for rubber bearings as well, since it will still reduce the load capacity [146, 153]).
Because of these properties, rubber bearings have been especially popular when water is
used as a hydrodynamic lubricant [154]. Water is frequently used when environmental
pollution due to lubricant leakages should be eliminated, such as in stern tube bearings
used in the maritime industry or in water pumps [1, 155]. However, because of its ex-
tremely low viscosity compared to traditional lubricating oils, water is not actually a very
good lubricant and even minor geometry errors or misalignment will lead to contact and
a catastrophic increase in wear. Water-lubricated rubber bearings are therefore used fre-
quently, although even with rubber some of the disadvantages of water lubrication will
remain (such as low load capacity and extremely thin hydrodynamic films [141]).

An additional advantage of the elasticity of rubber bearings is their resistance to abras-
ive wear due to contaminants such as dirt or sand in the water. This is especially relevant
for open lubrication systems that use water from the environment as their lubricant. Re-
search has shown that hard contaminant particles in the water will be pressed elastically
into the rubber by the shaft at low speeds (boundary or mixed lubrication regime), pre-
venting the severe third body abrasion that would occur with harder bearing materials
[125, 141]. It is for this reason that rubber bearings were included in the MR lubrication
wear tests described in chapter 4. While SEM imaging revealed some surface damage on
the rubber after the wear tests, it was not possible to measure the bearing wear volume
due to elastic deformation of the rubber surface when using the contact-based profilo-
meter. However, the shaft wear was found to be minimal. That fact, combined with the
knowledge of the wear process of rubber bearings lubricated with contaminated water,
led to a decision to experimentally investigate the hydrodynamic performance of a rubber
bearing lubricated with MR fluid. This chapter will present those results, and will com-
pare them with the results obtained in chapter 5 for the polymer bearing sleeve (which
also showed acceptable wear behaviour).
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Figure 6.1: A section view of the bearing housing. 1 - shaft, a - rubber sleeve, b - non-magnetic steel outer sleeve,
c1/c2/d - housing components, e - original location of seals, f - capacitive sensor clamps, g - magnets, T3-T4 -
thermocouples. The lubricant inlets and outlets are marked as well. In the figure on the right, ¢ is defined as the
angular coordinate inside the bearing. The shaft rotates in the positive ¢ direction, and for the magnetised tests
the three magnets were placed at an angle of ¢ = -22.5°.

6.2 Method

The hydrodynamic rubber bearing tests were executed on the test setup that was also used
in chapters 2 and 5 for the tests with bronze and polymer sleeves respectively. Specific-
ally, the rubber tests were intended to replicate the polymer Stribeck tests performed with
and without magnetic field for three different loads, to allow for a comparison of the im-
pact of these different materials on the hydrodynamic performance. The test setup and
experimental procedure are therefore in principle the same as those described in section
5.2. Figure 6.1 shows a schematic overview of the bearing and bearing housing, with the
most important components marked. Table 6.1 contains the main bearing properties and
operating conditions, with the most important changes compared to the polymer bearing
being a larger lubrication groove diameter and a larger tolerance on the nominal radial

Table 6.1: Overview of the bearing properties and operating conditions for the
tests with a rubber sleeve.

Property Symbol  Value

Bearing length / shaft diameter / L/D 100mm/50mm
Nominal radial clearance hy 150-250pm

Shaft / bearing material C45 steel/NBR rubber
Max. load / specific pressure Wo/pm  7.5kN/1.5MPa

Speed range n 0 - 1500rpm
Lubricant MR fluid MRHCCS4-A [119]
Lubricant flow rate Oin 0.3Lmin "'
Lubrication groove radius / length 3mm/100mm
Average inlet temperature 30-34°C

Average film temperature 36-40°C

Rubber hardness (shore-D) 70+3
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Figure 6.2: An example of the clearance circles measured with the rubber bearing sleeve for the three different
loads that were tested. The circles shown in this figure were measured specifically for one of the tests without a
magnetic field applied.

clearance. Both of these changes were needed because of the high costs associated with
manufacturing rubber sleeves with tight tolerances and small features. Other than that,
the same MR fluid was used (see section 5.2.3 for its properties) and the fluid was mag-
netised with the same magnetic field (see the 465kAm™! peak strength field in figure 5.6).
However, the initial pilot tests did reveal some issues with the use of a rubber bearing in
the test setup, requiring further changes. These will be discussed in the remainder of this
section.

The main difference concerns the clearance circle and film thickness measurements
using the capacitive distance sensors. Because of the very low elastic modulus of rubber,
at least compared to bronze or polymer, the clearance circle diameter that is measured
with the capacitive sensors scales with the applied load. For that reason this diameter
will always be larger than the nominal clearance diameter given in table 6.1. During the
measurements, it was therefore not surprising to find that the clearance circle diameters
were larger than the 500pm range of the capacitive sensors, even at the lowest load of
2.5kN/0.5MPa, meaning it was not possible to measure the full 360° clearance circles. In-
stead, using the standard least-squares fitting procedure described at the end of section
2.2.4, they had to be inferred from points collected only near the bottom of the bearing.
Figure 6.2 shows the clearance circles measured after a Stribeck test for the three tested
loads (this figure can be compared with figure 5.10 on page 89, which shows the repres-
entative clearance circles for the polymer bearing). Because the number and location of
the points used to fit the circles was limited, the accuracy of the clearance circle diamet-
ers and centre locations is possibly reduced compared to those measured for the stiffer
bronze or polymer bearing sleeves. For example, cylindricity issues such as those caused
by manufacturing errors or wear could lead to errors in the calculated clearance circles. A
possible indication that this was indeed a problem could be the fact that the clearance circle
measurements for repeated Stribeck tests sometimes (but not always) showed drastically
different diameters, with seemingly random variations of up to +50pum. This was never
observed with the stiffer bronze and polymer bearings. However, while these variations
will have an effect on the film thickness calculation, because the film thickness is determ-
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ined by calculating the eccentricity of the shaft locus points with respect to the clearance
circle centre, the resulting error will be much smaller than +50pm. Since the points on the
clearance circle were collected at the bottom of the bearing, near minimum film, the error
on the calculated film thickness would only be that large if the shaft was ever at the top
of the bearing, which should not happen during normal operation (and was indeed never
observed).

Another issue related to the large degree of deformation of the rubber sleeve concerned
the clearance in the contactless labyrinth seals, used to minimise leakage from the bear-
ing housing. With a radial clearance of less than 440pm, the seals had to be removed to
prevent the sealing rings from coming into contact and interfering with the operation of
the hydrodynamic bearing. As shown in figure 6.1, this left two large holes (marked with
’e’) at the sides of the bearing, right next to the outlet channels. Without the seals, the
lubricant was no longer forced through the outlet channels, and mostly left the bearing
through the larger holes instead. The flow rate of this leakage was found to depend on the
speed of the shaft and on whether or not a magnetic field was applied (leading to fringe
fields in the outlets), with lower speeds and a strong field (higher viscosity) leading to lar-
ger leakage flows. Since the capacitive sensors were placed only a few millimetres from
these holes (the clamps holding the sensors are marked with ’f’ in the figure), lubricant
was found to frequently flow into the space between one or more of the capacitive sensors
and their target, the rotating shaft. Capacitive distance sensors use the permittivity of air
to calculate distance based on the measured capacitance, meaning that any contamination
immediately invalidated the sensor readings. Furthermore, because the fluid did not al-
ways completely fill the space between sensor and shaft, it was not possible to correct for
this by recalculating the distance with the permittivity of the lubricant either. In the end,
this meant that the film thickness measurements could not be conducted successfully for
all speeds of all Stribeck tests.

6.3 Results and discussion

Figure 6.3 shows the experimental Stribeck curves and minimum film thickness plots for
the MR-lubricated rubber bearing, and for comparison figure 6.4 shows the same results
for the polymer bearing (this is a modified variant of figure 5.9 which previously appeared
in chapter 5). Comparing these two figures immediately shows some fundamental differ-
ences between the hydrodynamic performance of these two bearing materials. First of all,
it should be noted that for repeated Stribeck tests under the same operating conditions,
the film thickness measurements show more variance for the rubber bearing than for the
polymer one (this variance is represented by the shaded areas surrounding the curves in
the figure). This is likely the result of the clearance circle measurement issues discussed
in the previous section, specifically the seemingly random variations on the calculated
clearance circle diameters. Second, and more important, looking at the unmagnetised MR-
lubricated rubber bearing shows that there is very little difference between the Stribeck
curves for the three tested loads (figure 6.3a), with only the 7.5kN curve having a slightly
larger overall friction coefficient. This is a result of the relatively low elastic modulus of
the rubber, causing the rubber to deform in such a way that it accommodates to the shape
of the shaft, reducing the peak pressure values and leading to an effective thin fluid film
even at high loads and low speeds. As shown in figure 6.3c, the film thickness is fairly
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Figure 6.3: Rubber bearing results - Experimental Stribeck curves and minimum film thickness plots for the
rubber bearing sleeve at three different loads. The dashed lines represent the average value over three repetitions
of each test, the shaded regions indicate the minimum and maximum values that were measured over three
repetitions. Tests were performed with MR lubrication with zero magnetic field (a & c¢) and MR lubrication with
a strong magnetic field (b & d).
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Figure 6.4: Polymer bearing results - Experimental (dashed lines with markers) and numerical (solid lines)
Stribeck curves and minimum film thickness plots for the polymer bearing sleeve for three different loads. Tests
were performed with MR lubrication with zero magnetic field (a & c) and MR lubrication with a strong magnetic
field (b & d). This figure previously appeared in chapter 5 as figure 5.9, but note that the results for oil lubrication
have been left out.
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similar in all cases, with only a small reduction for the two higher loads. In contrast, the
much stiffer polymer bearing (figures 6.4a and 6.4c) shows smaller film thicknesses and
the expected variation with load when unmagnetised, with larger loads leading to thinner
films and therefore to higher transition speeds, as well as lower friction coefficients. It
should be noted that it is also because of these large deformations that the shear-thinning
model from chapter 3 has not been applied to the rubber bearing, since the model cannot
currently take deformations of the surfaces into account.

Surprisingly, very little changes when the magnetic field is applied to the rubber bear-
ing, as shown in figures 6.3b and 6.3d. The Stribeck curves show the expected increase
in friction coefficient but the transition speed is effectively unchanged, with the 2.5kN
curve actually experiencing a small increase from 100 to 125rpm. At the same time the
film thickness is reduced slightly for the higher loads and strongly for the lowest load,
where it shows a reduction of more than 30% at 1500rpm (note that the film thickness
for the magnetised bearing could only be measured at high speeds because of the leakage
flow issue discussed in the previous section). The contrast with the magnetised polymer
bearing is large (figures 6.4c and 6.4d), and the rubber bearing seems to show none of the
improvements in transition speed and film thickness that were found when magnetising
the stiffer bearing. However, the MR fluid itself still seems to function as expected, exper-
iencing a viscosity increase due to the formation of particle structures when magnetised,
which is implied by the fact that the friction coefficient does go up when a magnetic field
is applied to the MR-lubricated rubber bearing. But in contrast to the stiffer polymer, this
increase in viscosity does not translate to lower transition speeds or thicker films with the
rubber. A reason for this could be the low elastic modulus of the rubber, with the rubber
possibly being deformable enough to accommodate to the local change in viscosity at the
location of the magnets, similar to how it accommodates to the shape of the shaft when
the load is increased. For the magnetised MR bearing this could mean that any positive
effects of a more efficient pressure profile due to the viscosity increase are cancelled out
by local increases in film thickness due to deformation of the rubber. In fact, if this is in-
deed the case it seems that the positive effects of the MR viscosity increase are not simply
cancelled out by the resulting deformation, but the combination of these effects actively
worsens the performance of the bearing, since the activation of the magnetic field slightly
reduces the minimum film thickness compared to the unmagnetised rubber bearing (com-
pare figures 6.4c and 6.4d). Overall, if this hypothesis is indeed correct and the observed
effects are caused by the low elastic modulus of the rubber, rubber journal bearing sleeves
(or sleeves made out of equally deformable materials) would likely be fundamentally in-
compatible with MR lubrication if the aim is to change the friction or film thickness with
a magnetic field.

Finally, an additional side note should be made regarding the validity of the film thick-
ness measurements. The lack of a response to the activation of the magnetic field was
shown by both the friction and film thickness measurements, in spite of the limitations of
the clearance circle measurements for the rubber bearing that were described in section
6.2. However, next to those more practical issues, the existence of a more fundamental
clearance circle problem caused by the deformable nature of rubber is suspected as well.
With the experimental setup used during this research project, the clearance in the bear-
ing is measured by pushing the shaft against the bearing at rest, with the assumption that
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the resulting position of the shaft has an eccentricity of 1. By repeating this measurement
for a range of attitude angles, the full clearance circle can be constructed. It is then known
that during hydrodynamic operation of the system, the shaft locus will always fall inside
the clearance circle since the eccentricity of the shaft can never be larger than 1. This holds
for bearings made from stiff materials where deformation can be neglected, but that may
no longer be the case when deformation is not negligible. The reason for this is that the
rubber bearing will be deformed by the generated hydrodynamic pressure profile while
the system is operating in the hydrodynamic regime. But, this pressure profile will be dif-
ferent from the contact pressure profile when measuring the clearance circle at rest, even
if the applied load is the same in both cases. This results in a difference between the actual
deformation during hydrodynamic lubrication and the assumed deformation determined
with the clearance circle measurement, leading to an error in the film thickness calculation.
If it is assumed that the static contact pressures are higher, since the load is distributed
over a smaller area than during hydrodynamic lubrication, the film thicknesses calculated
for the rubber bearing would be an overestimation. In other words, in reality the rubber
will deform less than assumed by the clearance circle, and the rubber surface will there-
fore be closer to the surface of the shaft. It is not known how large this effect could be,
but the error is expected to be larger at higher speeds, where the hydrodynamic pressure
profile differs the most from the contract pressure profile. In the end, these issues with the
clearance circle method do not change the observations about MR lubrication in rubber
journal bearings, since those conclusions are also supported by the friction measurements.
However, they should be important considerations that require further investigation for
future research that would consider applying this method to highly deformable bearings.

6.4 Conclusion

The choice was made to perform a set of Stribeck tests with an MR-lubricated rubber bear-
ing sleeve because it was thought to have good wear qualities when used in combination
with the abrasive MR particles. The results of these tests show that in general, the rub-
ber bearing performs well and compares favourably with the polymer bearing due its low
transition speed and low friction coefficient. The low elastic modulus of the rubber allows
the bearing to accommodate to the shape of the shaft, thereby creating a very effective
thin film. As a result, the performance of the rubber bearing is much less dependent on
the applied load than the performance of the stiffer polymer bearing. However, this same
property is suspected to be the cause of the minimal effect that applying a magnetic field
has on the bearing, other than simply increasing the friction. While it is not possible to
find the exact cause without a model and a more reliable film thickness measurement,
the friction measurement on its own is enough to conclude that polymer is a more prom-
ising material to use in further investigations into MR-lubricated bearings with variable
magnetic fields, irrespective of the wear performance of the rubber.
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Discussion

This final chapter briefly summarises the individual discussions from the previous chapters,
and expands on them by discussing their influence on the main objective of the dissertation.
Multiple recommendations are made for possible future research directions.
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T he main objective of this dissertation was to investigate the use of MR fluid as a lubric-
ant for hydrodynamic journal bearings, with the idea that this might lead to improve-
ments in film thickness, transition speed, or hydrodynamic friction (or all of these) com-
pared to traditional lubricating oils. Before the start of the research described in this dis-
sertation, literature mostly contained articles showing how MR-lubricated bearings mag-
netised throughout the entire film would show thick films and high friction compared to
unmagnetised MR or oil lubrication. In chapter 2 of this dissertation it was shown that
this high friction could be reduced significantly by diluting the fluid and by locally mag-
netising the bearing. However, because the resulting viscosity increase was less strong
and more localised, the increase in film thickness was reduced significantly as well. Con-
trary to the claim made in this chapter that “the results that were obtained could not have
been achieved with a standard commercial MR fluid” (implying that dilution and there-
fore a smaller number of particles was necessary for low friction MR bearings, see page
22), chapter 5 then showed that very similar results could be obtained with only local
magnetisation and low field strength. In fact, by increasing the magnetic field strength
the performance of the bearing could gradually be changed from low friction and thin
films (similar to the performance of the bearing in chapter 2), to high friction and thick
films (similar to the performance of most MR bearings presented in literature). These res-
ults provided a link between the results from chapter 2 and literature, and showed the
effectiveness of local magnetisation. But, they also showed that it was not possible to
obtain both lower hydrodynamic friction and a lower transition speed at the same time
(compared to oil lubrication), which was initially thought to be a possibility with passive,
localised magnetic fields (as described in section 1.2). It should be noted that these results
were obtained for only a single configuration of the magnetic field, meaning that differ-
ently shaped magnetic fields could perhaps still have the hypothesised effect. However,
it was also found that the transition to mixed lubrication actually occurred for thicker
films with MR than with oil, almost irrespective of the applied magnetic field (see figure
7.1). For standard lubricants this should not be possible, since the film thickness at the
transition point is known to depend solely on the roughness of the bearing surfaces. This
led to the hypothesis that MR fluid particles might be getting stuck between the bearing
surfaces when the film was thin, thereby causing the earlier and more gradual transition
to mixed lubrication compared to the usual transition caused by contact of the surface
roughness peaks®. If this is indeed the case, it seems like an inherent disadvantage of MR
lubrication compared to lubrication using fluids without particles. It would mean that
an unmagnetised MR-lubricated bearing would always transition earlier (at a higher film
thickness) than a comparable oil-lubricated bearing, and activating the magnetic field to
bring the transition speed in line would result in higher friction (exactly what was ob-
served in section 5.3.2). Based on this reasoning, and on the relatively large influence this
effect seems to have on the performance of the bearing close to the transition, passively
magnetised MR bearings do not seem like a very effective option anymore if the goal is to
lower both friction and transition speed, at least with the MR fluids/MR particles used for
this dissertation.

However, despite the somewhat unexpected performance of passively magnetised MR
bearings, it has still been confirmed that the performance characteristics of these bearings

'The effect of the particles could therefore be seen as an increase in the effective surface roughness.
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Figure 7.1: Friction coefficient as a function of film thickness for the experimental results of the oil- and MR-
lubricated polymer journal bearing tests with varying magnetic field strength, these quantities were previously
presented as a function of the shaft speed in figures 5.8a and c. It is clearly shown that the oil-lubricated bearing
has a transition once the film thickness reaches 3 to 5um, whereas the MR-lubricated bearings have this transition
between 10 to 15pm. There is little dependence on the magnetic field strength, and similar results are found at
higher loads. Note that this effect cannot be shown for the results from chapter 2 due to the significant wear
damage of the bearing sleeve.

can be changed dramatically depending on the magnitude and location of the magnetic
field. As described in the introduction, this ability to modify the viscosity of the fluid
film still has the potential to be a large advantage of MR lubricants compared to standard
lubricants, especially when considering active control of the magnetic field (which has
not been investigated in this dissertation). The remainder of this discussion will touch
on several aspects of lubricating with MR fluids that the author thinks require further
investigation and development for the full potential of MR lubrication to be realised. These
aspects concern the lubrication properties of the MR fluid, the modelling and optimisation
of MR-lubricated bearings, and finally the active control of the magnetic field as a function
of the operating conditions.

7.1 MR fluid as a lubricant

It is clear that MR fluids exhibit important differences compared to standard lubricating
oils, both positive and negative, which is all the result of the iron microparticles suspended
in the fluid. Their variable viscosity is the main attraction, but during the research per-
formed for this dissertation it has also become apparent that the shear-thinning and wear
characteristics of these fluids are important as well, and these mostly make MR fluids more
difficult to work with compared to standard lubricating oils. While these characteristics
may be partially inherent to a lubricant consisting of a suspension of particles, this section
will suggest some possible research directions for improving the lubrication properties of
MR fluids and MR-lubricated bearings.

At first glance, a shear-thinning lubricant seems to offer some advantage compared
to a Newtonian lubricant. Because of shear-thinning, the viscosity of the lubricant will
be higher at lower speeds (i.e. close to the transition speed) which is exactly when high
viscosity is useful for creating thick films to postpone the transition to mixed lubrication.
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However, shear rates are also higher at high loads which means that unlike a Newtonian
lubricant, a shear-thinning lubricant performs worse when the load on the bearing is in-
creased. As documented in chapter 5 this is even more problematic for MR lubrication,
since here the degree of shear-thinning is also proportional to the strength of the mag-
netic field. While it may be possible to compensate for this effect by actively increasing
the size or strength of the magnetic field as a function of the applied load, this is an addi-
tional complication in the implementation of MR-lubricated bearings that is not present
when using Newtonian lubricants. At higher loads this may be a necessity however, since
shear-thinning is likely a fundamental property of MR fluids because it is mostly caused
by the gradual breakdown of the magnetised particle structures at higher shear rates [12].

The particles are not the only source of MR fluid shear-thinning however. Due to the
use of thixotropic additives intended to prevent sedimentation of the particles, most (if
not all) commercial MR fluids are shear-thinning even when not magnetised and when no
particle structures are present. This mainly affects the lubrication system of the bearing
where the shear rates are much lower than in the hydrodynamic bearing itself, making MR
fluids significantly more viscous than standard lubricating oils while ouside the bearing.
As a result, lubricant supply and drain lines may have to be pressurised, since a purely
gravitational system may not achieve sufficiently high lubricant flow rates. These higher
pressures could also cause larger leakage flows through the seals. Fortunately, there are
other methods of reducing particle sedimentation rates in MR fluids, which may be cap-
able of minimising the amount of shear-thinning in the unmagnetised fluid. A relatively
simple way of preventing sedimentation would be some form of active agitation, for ex-
ample by stirring the lubricant inside the lubricant supply tank. While this method can
be very effective [156], it does nothing to prevent sedimentation while the MR fluid is
being stored (for example in a warehouse), which is an important consideration for real
world use of these fluids and may mean that additional passive anti-sedimentation meas-
ures are required as well [14]. Various effective passive methods have been investigated
in literature, such as the use of coatings on the particles to reduce their density, the use
of non-spherical particles (such as rods or flakes), or the use of smaller iron nanoparticles
[13-15], though it should be noted that all of these measures can lead to modifications of
the magnitude of the MR viscosity change or the wear behaviour of the fluid.

Especially when considering both sedimentation and wear, the use of nanoparticles
seems like it could potentially be a very interesting research direction. While it is known
that the magnitude of the viscosity change decreases when the particle size is reduced [11],
it has been shown in literature that even a magnetic fluid containing only 3.8 vol% 12.5nm
iron particles can still produce a roughly one order of magnitude increase in viscosity with
a magnetic field strength of 160kAm™" and a shear rate of 1000s™! [9]. Compare this to
the MR fluid used in chapter 5, which contains roughly 20 vol% iron particles with an av-
erage diameter of 2um, which produces slightly less than 2 orders of magnitude increase
in viscosity for a 145kAm™! magnetic field and the same shear rate (see figure 5.3). Fur-
thermore, due to the small size of the nanoparticles this magnetic fluid was completely
stable against sedimentation, without the use of any thixotropic additives (although the
fluid was still shear-thinning when magnetised due to the presence of the particle struc-
tures). Next to this it is known that ferrofluids, which generally use particles of around 1
to 10nm but do not show significant changes in rheology for variations in the magnetic
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field?, have very good wear performance, sometimes even better than standard lubricating
oils [116, 158, 159]. In comparison, chapter 4 showed that the wear with MR lubrication
was only acceptable when using softer polymer bearing sleeves, and even then the amount
of wear was still about 4 times larger than with a standard lubricating oil. Research on
bearings lubricated with contaminated water pointed to rubber bearings for even lower
wear, but the hydrodynamic performance of these bearings was found to be independent
from the magnetic field strength when lubricated with MR fluid in chapter 6. The use of
smaller magnetisable particles may therefore be the most promising method for reducing
wear even further. The main disadvantage of using nanoparticles is that iron particles
generally get more expensive the smaller they are, making nanoparticle-based magnetic
fluids more expensive than standard MR fluids (which are already much more expensive
than standard lubricants). Still, the potential benefits seem promising enough to merit
further investigation into the particle size (between 10nm and 1pm) that would lead to an
MR fluid with a good balance between the magnitude of the magnetic viscosity increase,
the sedimentation rate, the wear rate of the lubricated surfaces, and the cost.

7.2 Modelling MR lubrication

The main goal during the development of the model was to obtain relatively short solution
times to enable fast, large scale optimisation studies. Considering the lack of literature
about the optimal magnitude and shape of magnetic fields used to activate MR-lubricated
bearings, numerical optimisation was thought of as an efficient way to discover promising
magnetic fields that could subsequently be evaluated experimentally. Furthermore, it was
thought that faster models could aid an eventual propagation of MR bearings to industrial
applications, with fast models enabling designers to easily find efficient bearing designs
for various operating conditions. For these reasons, the model was based on the Reynolds
equation instead of the much more computationally complex Navier-Stokes equations.
However, the shear-thinning effects described in the previous section, in combination with
the effects of the magnetic field, made the modelling of MR lubrication significantly more
complicated than the modelling of the standard (Newtonian) lubricant. While the initial
Newtonian model described in chapter 2 managed to provide a reasonable indication of the
trends in the performance of the MR bearing, the fact that this result required the selection
of a constant viscosity value to represent the entire shear-thinning fluid film was far from
ideal. Especially since this value was determined at the (completely unrelated) maximum
shear rate that could be achieved in the rheometer; the Herschel-Bulkley viscosity model
had not yet been developed to allow extrapolation to higher shear rates, nor was there a
way to determine which shear rate value would have been more suitable in the first place.
In that regard the shear-thinning model developed in chapter 3 was a large improvement,
with the addendum of chapter 2 showing that this model had improved accuracy over the
Newtonian model. The model was also used in chapter 5, though the differences between
the experimental and numerical results were relatively large in that case. As discussed in
that chapter, these differences were likely caused by the poor quality of the experimental
temperature data, and possibly by the lack of high shear MR viscosity data to verify the
accuracy of the Herschel-Bulkley extrapolation with. Because the accuracy of the shear-

*See Odenbach [157] for the differences between ferrofluids and MR fluids with nanoparticles
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thinning models has already been discussed in these previous chapters, the remainder
of this section will instead focus on the suitability of the shear-thinning model for fast
optimisation, and possible directions for further research.

In chapter 3 it was shown that the analytical method for the evaluation of the flow
factor integrals in the generalised Reynolds equation resulted in an approximately 50%
reduction of the solution time, without any loss in accuracy. While this was a good res-
ult, the speedup was not large enough to bring the shear-thinning model (which takes
minutes to solve) to the level of the standard Reynolds equation (which takes seconds to
solve). This is partially inevitable, the shear-thinning problem is simply more complicated
due to the non-linear viscosity, resulting in a denser Jacobian. The problem also solves for
a larger number of unknowns because the current implementation required solving for
the flow factor integrals explicitly for proper convergence, though it is possible that other
ways of implementing this problem do not require such a step. Furthermore, the sub-
optimal implementation of the Appell hypergeometric function could also be improved
which might lead to a faster solution time. The Appell function appears in the analyt-
ical solution of the flow factors, and is a complicated mathematical function defined by
an infinite series that has not yet been implemented in a fast and robust manner in any
programming language®. There is one relatively old Fortran implementation of the Ap-
pell function in literature [83, 161], but this implementation was found to fail for certain
combinations of input arguments that are relevant for the shear-thinning problem. For
this reason lookup tables were used to approximate this function, but while these are re-
latively fast a native implementation is expected to be faster and easier to use (since the
lookup tables require communication between Matlab and COMSOL). Furthermore, due
to the use of lookup tables the derivatives of the Appell function were not available, and
the flow factors had to be excluded from the Jacobian matrix. It is possible that the model
would be faster with access to these derivatives, since a more accurate Jacobian generally
means that fewer solver iterations are needed, but the increased amount of data in the Jac-
obian and the larger amount of time to compute it mean that a speedup is not guaranteed.
While it would technically have been possible to create lookup tables for the derivatives
as well, this was complicated by the fact that the partial derivatives of the Appell function
AppellF1(a, B, 5, y,x’,y") are generally only presented for x” and y’ in literature (a, f, '
and y are usually constants). The other partial derivatives do exist but only in the form of
infinite series [162], not in the simple integral form used to create the lookup tables. These
series could quite possibly be transformed to a simple integral form as well though some
mathematical procedure, but as far as the author could find this has not yet been done in
literature for these specific series.

The lack of derivatives is especially problematic when using the shear-thinning model
for optimisation. While section 5.3.1 presents the results of an optimisation process, this
was a simple 1D optimisation where the position of a set of magnets with fixed size and
strength was varied in only one direction, which is quite easily done with a gradient-free
optimiser. It would however be much more interesting to optimise for the ideal values of
the magnetic field strength at all places throughout the entire (2D) fluid film, as a function
of the operating conditions. In principle this optimisation could be done with a gradient-

*Matlab has a interesting article about the complex process of properly implementing these types of functions
in computer code [160]
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Figure 7.2: a) Optimised Newtonian viscosity profiles for three different values of the factor a, with low a cor-
responding to a focus on minimising friction, and high a to a focus on maximising film thickness. The vertical
white lines at -90° and 90° indicate the inlets. b) The trends in film thickness and friction coefficient as a function
of the factor a. c¢) The corresponding pressure profiles at the bearing centreline.

free optimiser since it is technically a ’simple’ optimisation of n variables, where each
variable is the magnetic field strength at one of the nodes/integration points of the mesh
elements. The problem is of course that n would be extremely large, as an example the
simulations in chapter 5 use 10000 mesh elements with cubic shape functions. COMSOL
does not even allow gradient-free optimisation of variables that vary throughout the prob-
lem geometry, and if it did it would probably be a very slow optimisation. As a result, a
gradient-based optimiser is preferred for the proposed optimisation, and the derivatives of
the Appell function are therefore required (numerical differentiation would be extremely
slow as well, and therefore not a solution). However, even with the derivatives known it
is still possible that the non-linear shear-thinning model would require an extremely long
time for optimisation of the magnetic field strength, simply because of the computational
complexity of the problem.

An alternative could therefore be to optimise the viscosity of the fluid film directly,
using a Newtonian model. This optimisation is guaranteed to be much faster, and while
the disadvantages of the Newtonian model are known, it was found in chapter 5 that
the results of the 1D magnet location optimisation were qualitatively similar between the
Newtonian and shear-thinning models, even when the constant shear rate value in the
Newtonian model was varied. To illustrate this idea, and the typical results it can produce,
a simple optimisation has been performed. Basically, this optimisation uses the same oper-
ating conditions as were used for the 1D optimisation of the magnet angle (see section 5.3.1
for more details), with the only differences being the specifics of the optimiser, and the use
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of the Newtonian viscosity model (as described in chapter 2). The optimiser is allowed to
vary the viscosity between its values at magnetic fields strengths of 0 and 370kAm™" (the
peak field strength in the 1D simulation) for a constant shear rate of 1 x 10*s~!. This means
the fluid film viscosity can be varied between 0.12 and 2.0Pas. The optimisation objective
is the minimisation of the sum of the eccentricity ¢ and friction coefficient f,, (normalised
with their values without any magnetic field, g and f,, o respectively), with a factor a that
was varied between 0 and 1 determining the relative importance (see equation 7.1).

given n€R

s ( € Jw )
minimise f(n)={a-—+(1-a)— (7.1)
£ fwo

with 0.12<71<2.0

Figure 7.2a shows the resulting optimal Newtonian viscosity profiles for three different
values of a, figure 7.2b shows the corresponding film thickness and friction coefficient
values, and figure 7.2c shows the pressure profiles at the centreline. As can be seen in
the figures, for a = 0.4 there is relatively little change in the viscosity, with the objective
being skewed towards minimal friction. Changing to a = 0.8 results in a larger difference
and the resulting viscosity profile, with a curved line of high viscosity lubricant upstream
from minimum film, is actually somewhat similar to the profiles created by the axial rows
of magnets tested in chapter 5. Finally, with a = 0.95 the optimiser mostly focuses on
minimising eccentricity (equivalent to maximising film thickness) and the viscosity profile
seems to form some sort of pocket. A similar concept of an MR-lubricated journal bearing
with pocket-like magnetisation has previously been explored numerically in literature [46].
Figure 7.2c shows that the optimised viscosity profiles actually have lower peak pressure,
but offer increased load capacity because the pressure profiles cover a larger area of the
lubricating film. Something similar was observed with the 1D optimisation, see figure 5.7.

In the end, it should be repeated that these results were obtained with a Newtonian
model and can therefore at most give a qualitative prediction that should always be checked
with the shear-thinning model. The Newtonian optimisation model is fast however, solv-
ing in only few minutes, and could possibly be used to construct better initial guesses for
an eventual (slower) shear-thinning optimisation process. It is still recommended to fur-
ther investigate the use of that model for optimisation, not only because of its increased
accuracy, but also because an optimal magnetic field can be adapted for a direct imple-
mentation in the real world, whereas an optimal viscosity profile could only ever act as a
guide for the creation of the magnetic field. However, until that time the Newtonian model
could perhaps be used to inspire magnetic field configurations to validate experimentally.

7.3 Active vs passive control of the magnetic field

As was already mentioned in the first paragraph of this discussion, the experiments per-
formed in this dissertation with constant/passive magnetic fields have shown that for the
chosen bearing geometry, MR fluid, and operating conditions, the MR-lubricated bearing
could not achieve both lower hydrodynamic friction and a lower transition speed com-
pared to the oil-lubricated bearing. Based on these experiments, there does not seem to be
any advantage in using passively magnetised MR lubrication over Newtonian lubricants
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Figure 7.3: a) The experimental Stribeck curves for the polymer bearing lubricated with oil and MR fluid with
varying magnetic field strength. The data in this figure previously appeared in chapter 5 as figure 5.8a. b) A
hypothetical Stribeck curve considering active control of the magnetic field strength as a function of the speed
of the shaft. The colour of the hypothetical Stribeck curve indicates the strength of the magnetic field at that
speed. This hypothetical curve is based on the experimental results for MR lubrication from figure a), the outlines
of those Stribeck curves are shown in the background of this figure. The experimental result for oil lubrication is
shown as well, and for this result and the hypothetical curve it is indicated for which speeds the bearing would
be in the hydrodynamic regime.

that are simply more or less viscous. However, this may change when considering the use
of controllable magnets, such as electromagnets, to actively control the viscosity of the
fluid film as a function of the operating conditions, something that would obviously never
be possible with standard lubricants. Figure 7.3a shows the experimental MR Stribeck
curves as a function of the (constant) magnetic field strength in the fluid film, these are
results from chapter 5. While the MR bearing is not unambiguously better than the oil
bearing for any one field strength value, it does have lower high-speed friction when
unmagnetised (purple line, MR - 0[kA/m]) and a lower transition speed when strongly
magnetised (yellow line, MR - 465[kA/m]). Therefore, instead of using a passive magnetic
field that magnetises the fluid film in the same way at all speeds, it seems much more use-
ful to instead only magnetise the film when the bearing would otherwise enter the mixed
or boundary lubrication regimes, thereby minimising friction at all speeds. As a hypothet-
ical example, figure 7.3b shows the hypothetical MR Stribeck curve that could likely be
obtained by changing the strength of the magnetic field as a function of the speed of the
shaft (creating a feedforward system). With this concept the magnetic field is turned off at
high speed to minimise friction and it is not activated until the speed dips below around
500rpm, which is when the unmagnetised MR bearing would start transitioning to mixed
lubrication. Below that speed the magnetic field strength is gradually increased in such
a way that the film thickness is always just large enough to prevent mechanical contact
between the bearing surfaces (with the presence of the particles taken into account as well),
thereby keeping the bearing in the hydrodynamic regime and simultaneously minimising
friction. It is not until the strongest (experimentally tested) magnetic field strength value
of 465kAm™! is reached that this hypothetical bearing would finally transition to mixed
lubrication. The final Stribeck curve looks very similar to a traditional Stribeck curve,
though it is interesting to note that the friction actually starts increasing (when reducing
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the speed) before the bearing transitions into mixed lubrication, which does not happen in
anormal journal bearing. This is of course the result of the magnetically induced viscosity
increase of the fluid film, making this Stribeck curve subtly different from the traditional
ones.

Looking at this hypothetical Stribeck curve as a whole shows that an actively con-
trolled MR bearing would likely be a lot more competitive with oil lubrication than the ex-
perimentally tested passive variants. With a lower transition speed (which could probably
be lowered somewhat further with even stronger fields) and significantly lower high-speed
friction, it seems that only the higher friction between 200 and 50rpm is not in favour of
the MR bearing. However, the Stribeck curve does not tell the entire story, even in the best
case scenario the wear rates for the MR-lubricated bearing are higher than the wear rates
for oil once the system reaches boundary lubrication, as was mentioned in section 7.1 (and
shown in chapter 4). This means that the magnitude of the transition speed decrease and
the resulting reduction of the amount of time the bearing spends in the boundary lubric-
ation regime will determine whether the final wear rate goes up or down. Finding ways
of reducing the wear rates of MR-lubricated bearings even further would therefore make
them more widely applicable, once again emphasising the importance of further research
into for example the alternative fluid formulations proposed earlier in this discussion (see
section 7.1).

That leaves the question of whether an actively controlled MR bearing could actually
perform like the hypothetical example in figure 7.3b. In other words, is the proposed
concept in any way realistic? While this can only be proven definitively by testing the
concept experimentally, the author thinks there is a very high likelihood that it is in-
deed possible to create an actively controlled MR bearing with performance similar to that
shown by the hypothetical Stribeck curve. First of all, the hypothetical curve was drawn
based on the experiments with passive magnetisation, meaning that at the very least a
quasi-static approach (slowly changing the magnetic field and speed) is very likely to work.
Second, there is actually a single article in literature that describes the implementation of
an actively controlled MR thrust bearing where closed loop control was successfully used
to keep the film thickness constant when the load was changed [45]. For these reasons, not
only feedforward, but even feedback control of an MR journal bearing seems like a very
promising direction for future research. In fact, the main challenges with active control
may actually be of a more practical nature. Electromagnets typically require more space
to produce the same magnetic field strength as a permanent magnet, as well as requiring
a constant supply of power and constantly generating heat. This heat could leak into the
fluid film, deteriorating bearing performance, and a constant power draw may not be desir-
able for critical systems that should keep working in case of a power failure. Furthermore,
the power required to activate the electromagnet could possibly even cancel out or exceed
the power savings made by reducing friction in the bearing. Because of this, the use of
standard electromagnets may not be optimal, but there could be alternatives. Switchable
permanent magnets only consume power when the magnetic field is changed, but have
the disadvantage of only allowing two states (magnetic field on or off) [163]. This could
perhaps work for very simple feedforward control, where these two states correspond to
low friction (off), or thick films (on), but it is much less flexible than an electromagnet and
would probably only be suitable for quasi-static changes. Another option could be the use
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of tuneable magnets, which are electromagnets that use a low coercivity permanent mag-
net as a core. By changing the current through the electromagnet the magnetisation of the
permanent magnet changes as well, with the advantage that the permanent magnet will
remain magnetised when the electromagnet is turned off [164, 165]. Similar to switchable
magnets, tuneable magnets therefore consume power only when their magnetisation is
changed, and they generate very little heat. These magnets seem like a potential solution
to the problems of general electromagnets, and it is recommended to investigate their use
when looking into the active control of MR-lubricated bearings.

Overall, actively controlled MR-lubricated bearings seem like the most promising next
step for research into MR lubrication. The ability to modify fluid film viscosity depending
on the operating conditions can simply not be obtained with traditional lubricants, and
based on the experiments with passive magnetisation it is deemed likely that active control
could result in improved performance.

7.4 Recommendations

In summary, this dissertation has made several advances in the field of MR lubrication
for hydrodynamic journal bearings, but it has also raised new questions that require an
answer if MR bearings are to be a viable alternative for existing oil-lubricated bearings.
Based on the findings of the research, the following recommendations have been made:

« Design a magnetorheometer capable of measuring MR viscosity at the high shear
rates typical for journal bearings.

« Continue development of numerical (shear-thinning) models, especially for use in
optimisation studies of the magnetic field.

« Research additional methods for reducing wear caused by the particles in the MR
fluid, for example by modifying the fluid composition.

« Investigate active control of the magnetic field as a function of the operating condi-
tions of the MR bearing,.
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Conclusion

In this final chapter, the main conclusions of the research project are given.
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agnetorheological (MR) fluids are not traditionally known for their qualities as lub-
M ricants in hydrodynamic bearings, but their unique magnetically adjustable rheology
is what raised interest in the potential of using them for this application. MR lubrication
has been explored in literature previously, but almost all of these investigations focused
on fully and strongly magnetised fluid films with high viscosity, resulting in bearings
with thick films but also high friction. Proof for the existence of low friction MR bearings
was not found anywhere, even though lower friction and therefore higher efficiency is
generally desirable in the real world. For these reasons, the main objective of this disser-
tation was stated to be the experimental and numerical investigation into the use of MR
lubricants in journal bearings with the aim of improving bearing performance, with high
performance bearings having thick films (at low speeds) and low friction.

Following the proposed research approach it was shown in chapter 2 that the friction
increase of an MR bearing due to the activation of the magnetic field could indeed be min-
imised (to about a 14% increase at high speed) without losing the low speed film thickness
increase, but the investigation was hampered by the high wear rates of the bearing. In
chapter 4 this was shown to be the result of abrasive wear caused by the particles in the
MR fluid, and softer polymer bearing sleeves were found to be an acceptable replacement
for the standard bronze. Even more soft rubber sleeves were thought to be promising
as well, but these were found to be unsuitable for use with MR lubrication in chapter 6.
Simultaneously, a new numerical method for modelling shear-thinning lubricants (such
as MR fluids) was implemented as described in chapter 3, and it was found to be 50%
faster than existing methods. With this model, a simple optimisation of the magnetic field
was calculated, and together with the other findings this led to a comprehensive experi-
mental investigation of MR lubrication for a variety of operating conditions in chapter 5.
Here it was shown that while the behaviour of the MR bearing could be varied from low
high-speed friction and thinner films, to high friction and thick films by increasing the
magnetic field strength, it was not possible to achieve both low friction (at high speeds)
and thicker films (at low speeds) simultaneously. Based on these results, it was concluded
that passively magnetised MR bearings did not provide significant advantages in friction,
film thickness, or wear, compared to regular oil-lubricated bearings. However, the res-
ults with passive magnetisation do strongly indicate that active magnetisation, where the
magnetic field is changed as a function of the operating conditions of the bearing, has the
potential to achieve both low high-speed friction and thick low-speed films in the same
bearing, making this a very interesting topic for further research.
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