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The impact of size and working fluid on the efficiency, operating range, and axial thrust on bearings is examined
for high-speed, oil-free centrifugal compressors. First, the development and validation of a reduced-order model
based on scaling principles is documented. Then, the validated compressor model is used to generate design maps
for stages operating with arbitrary fluid molecules, and characterized by different size. The results show that
compressors operating with fluids made by heavy and complex molecules provide lower efficiency over the
entire design space, if compared to their simple-molecule counterparts. However, compressors for complex-

Mots clés: molecule fluids require lower rotational speed, and generate lower axial thrust on bearings, thus making them

Pompes a chaleur

Fluides actifs

Compresseurs centrifuges

Optimisation a objectifs multiples

Systeme de controle environnemental (ECS)
Mécanique numérique des fluides (CFD)

particularly suitable for small-scale applications. Furthermore, a decreasing value of the size parameter has a
detrimental effect on the stage efficiency, as a result of manufacturing constraints. The results computed by the
compressor model suggest that the efficiency penalty is more sensitive to variations of clearance gap than to
surface finishing. Lastly, the reduced-order model has been used to perform a design exercise, i.e., the multi-
objective optimization of the first compressor stage of the heat pump test rig being realized at Delft Univer-
sity of Technology. The key characteristics of the optimal compressor design has been compared to those derived
from the design maps, to corroborate their validity. The optimal design has been extensively characterized by
means of CFD, providing further evidence that efficient mini-compressors operating with organic fluids, and
featuring pressure ratios up to five at off-design, are feasible.

1. Introduction

The recent advancements in the field of high-speed permanent
magnet electric motors (Zwyssig et al., 2009) have triggered the
development of miniature high-speed centrifugal compressors, i.e.,
machines featuring an impeller tip diameter as small as 30 mm, and a
rotational speed as high as 200 krpm. The possible applications of this
technology include heat pumps (Schiffmann and Favrat, 2009), mini gas
turbines (Pilavachi, 2002), cryogenic coolers based on the inverse
Brayton cycle (Zagarola and McCormick, 2006), fuel cell air man-
agagement systems, and electrical supercharging (Casey et al., 2013).
Schiffmann et al. recently demonstrated the technical feasibility of an

efficient small-scale centrifugal compressor for domestic heat pump
applications (Schiffmann and Favrat, 2009; 2010). The adoption of an
electrically-driven heat pump, featuring a high-speed centrifugal
compressor, for the environmental control system (ECS) of
next-generation aircraft is currently under investigation at Delft Uni-
versity of Technology. The ECS is the main secondary power consumer
on board of aircraft, accounting for ~ 75% of non-propulsive power, i.e.,
up to 3 — 5% of the total energy consumption (Bender, 2018). The use of
electric power in place of engine-generated pneumatic power can lead to
fuel savings in the range of 1 — 2% for medium-long haul aircraft at
cruise conditions (Boeing, 2007). Moreover, the replacement of the
traditional air cycle machine (ACM), i.e., an inverse Brayton cycle, with
a more efficient vapor compression cycle (VCC) system can promote a

Abbreviations: CO,, Carbon dioxide; ECS, Environmental control system; Hp, Hydrogen; IRIS, Inverse Rankine integrated system; R1233zd(E), Trifluoropropene;

R134a, Tetrafluoroethane.
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Nomenclature

Roman symbols

A Surface area [m?]

a Sound speed [ms~!] - throat length [m]
c Specific heat capacity [J kg™ K!]

Cr Skin friction coefficient [-]

D Diameter [m]

Fax Axial thrust acting on bearings [N]

Fo Slip factor coefficient [-]

H Blade height [m]

H* Sudden expansion coefficient [-]

h Specific enthalpy [J kg™']

i Incidence angle [deg]

k Impeller shape factor [-] - empirical constant [-]
Loy Impeller axial length [m]

M Mach number [-]

m Mass flow rate [kg s™1]

Ny Number of main blades [-]

Nipiic Number of splitter blades [-]

Negr Effective number of blades [-]

N, Specific speed [-]

OR Operating range [-]

P Pressure [Pa

Pr Prandtl number [-]

R Radius [m] - specific gas constant [J kg~! K]
Ra Surface roughness [m]

Re Reynolds number [-]

SP Size parameter [-]

s Specific entropy [J kg~! K1]

T Temperature [K]

t Thickness [m]

U Peripheral speed [ms~!]

v Absolute velocity [ms~!]

v Volumetric flow rate [m3s~!]

v Specific volume [m3K~!]

w Relative velocity [ms~!]

Weul Euler work [J kg~']

Greek symbols

a Absolute flow angle [deg]

B Pressure ratio [-] - relative flow angle [deg]
y Heat capacity ratio [J kg~! K™1]

Ypy Isentropic pressure-volume exponent [J kg~! K~1]
€ Back face clearance [m]

€ Tip clearance gap [m]

€w Wake area fraction [-]

n Efficiency [-]

u Dynamic viscosity [Pa s71]

p Density [kg m~3]

c Stage geometrical characteristics [-]
(ox] Swallowing capacity [-]

x Degree of reaction [-] - Diffuser inclination [deg]
W Work coefficient [-]

Q Rotational speed [rpm]

w Turbulence specific dissipation rate [s7!]
K Turbulence kinetic energy [J kg~']
Subscripts

a Throat section

c Critical

choke Choking point

cn Cone

h Hub

hd Hydraulic

is Isentropic

le Leading edge

r Reduced

s Specific - shroud

t Total - turbulent

te Trailing edge

ts Total-to-static

tt Total-to-total

[ Tangential component

des Design point

m Meridional component

mx Mixing

rc Recirculation

sf Skin friction

sw Shock waves

i Incidence

bl Blade loading

cl Clearance

vl Volute

vd Vaneless diffuser

df Disk friction

1k Leakage

1 Inducer

2 Exducer - diffuser inlet

3 Diffuser outlet - volute inlet
4 Volute outlet - cone inlet

P Evaluated at constant pressure
A\ Evaluated at constant volume
2

2

further step increase of coefficient of performance (COP). The main
drivers for the use of high-speed centrifugal compressors in place of
standard volumetric machines for airborne heat pumps are: i) the po-
tential for reaching higher compressor efficiency, thus higher COP; ii)
the overall volume and weight reduction; iii) the absence of lubricant oil
in the circuit, due to the adoption of foil bearings (Heshmat et al., 2000).

The requirements for the optimal design of mini centrifugal com-
pressors are high efficiency, wide operating range, and high power
density. On top of that, the design must comply with strict constraints on
the minimum impeller dimensions for manufacturability, on the
maximum allowable rotational speed, and on the maximum tolerable
axial thrust, to enable the use of gas bearings. As demonstrated by Casey
et al. (2013), halving the impeller outlet diameter, while keeping the
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mass flow rate constant, i.e., shifting towards an impeller design
featuring a larger swallowing capacity

m
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®

leads to an increase of power density by a factor of eight. More compact
stages entail lower material and machining cost, lower weight and
inertia, a smaller frontal area, thus a lower axial thrust. In contrast, a
reduction of the impeller outlet diameter at constant work coefficient
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can lead to an increase of rotational speed up to the mechanical limits of
the impeller material. Moreover, compressor downsizing comes at the
expense of larger friction and clearance losses, due to the increase of
relative surface roughness and relative clearance at blade tip.

The selection of the optimal compressor design parameters is further
complicated by the choice of the working fluid, which, in turn, is
dictated by the design requirements of the heat pump. As an illustrative
example, consider two stages providing the same total-to-total pressure
ratio f, = 3, but operating with two different fluids: hydrogen and
refrigerant R134a. The isentropic pressure-volume exponent (Kour-
emenos and Kakatsios, 1985)

v OP

_vop v ¢, OP
Pov

Pc, ov 3)

Ypy =

’
T

can be used to express the isentropic work performed by a compressor
stage operating with an arbitrary working fluid as

2 rpy—!
a
Ahy s = 4 ( nypL - ]) .
Ypo —

1
By combining Eqn. (3) and Eqn. (2), the impeller tip speed Mach number
My, = Uz/au can be correlated to the pressure ratio of the stage as

4

Py

(5)

Assuming that both compressor stages are designed at y = 0.8 and
operate at the total inlet conditions specified in Tab. 1, the ratio of the
peripheral speed at impeller outlet for the two fluids reads

My, _ 1048 o
My, Ri3a  1.147 )
Uw,  Myn, aum

=5.11.

Usrizsa My, Ri34a GuiR134a

As consequence, the stage operating with hydrogen must be designed
with a higher work coefficient, in order to keep the outlet peripheral
speed below an acceptable threshold, therefore penalizing fluid dynamic
performance.

2. Objective

The typical procedure for the preliminary design of centrifugal
compressors is described in Came and Robinson (1998); Japikse (1996);
Van den Braembussche (2019); Whitfield and Baines (1990). A thorough
attempt to devise design guidelines for large-scale centrifugal com-
pressors operating with air and featuring vaned diffusers can be found in
Rusch and Casey (2013). Extensive studies on similarity parameters used
to characterize the off-design performance of compressors operating
with non-ideal flows are documented in (Jeong et al., 2020; Pham et al.,
2016). The main implications related to the design of small-scale im-
pellers featuring vaneless diffusers are qualitatively described in Javed
et al. (2016). However, the aforementioned study is application-specific
and, as such, it does not provide generic design guidelines valid for
compressors of different scales and operating with arbitrary working
fluids. The study documented here aims to bridge this knowledge gap by
extending the work of Rusch and Casey (2013). The objective is to
develop design maps for single stage compressors, accounting for the
influence of the fluid and of the machine size on stage efficiency,
operating range, and the magnitude of the axial thrust on bearings. In
particular, the influence of the fluid is related to both its molecular
complexity and to the thermodynamic conditions of the compression
process, that may entail the flow to depart from the ideal gas behavior
(Giuffre’ and Pini, 2021). The applications in which the effect of flow
non-ideality is relevant are arguably limited to compressors for
high-temperature heat pumps and supercritical CO;y cycles for power
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generation and refrigeration. Within the scope of the present work, only
the influence of the fluid molecular complexity is investigated. The
design maps are generated by means of an in-house reduced-order
model based on scaling principles, and validated with experimental data
of reference impellers (Eckardt, 1975; 1976; Japikse, 1987; Schiffmann
and Favrat, 2010).

Moreover, the reduced-order model is used to perform a design ex-
ercise, i.e., the multi-objective optimization of the first compressor stage
to be installed in the heat pump test rig currently under construction at
Delft University of Technology, see Fig. 1. The case study features a
Pareto analysis, and a complete characterization of the fluid dynamic
performance of the optimal design by means of CFD. To corroborate the
validity of the proposed design guidelines, the key design variables
selected by the optimizer, and the corresponding compressor perfor-
mance metrics, are compared to the ones that can be derived from the
design maps.

3. Methodology
3.1. Conceptual Design based on Scaling Analysis

The main dimensions and performance metrics of a centrifugal
compressor stage can be expressed as

y =f(®u,w, @, .75, Re,6), )

where y is a vector collecting the compressor characteristics and
performance metrics. Several considerations can be drawn from Eqn.
(7). The impeller flow angles are univocally determined by the swal-
lowing capacity ®,;, the work coefficient y , and the degree of reaction
- Here, the degree of reaction is replaced by the absolute flow angle at
the inlet of the diffuser as, i.e., a parameter directly related to diffuser
stability. The work provided by the impeller scales with the pressure
ratio # and the thermodynamic behavior of the fluid, determined by the

Condenser
' e
: T T
3-way : =
Valve 5
lfe—— «— o+ — 4
Airl [
D;z Throttling
Valve
Compressor
Intercooler
11 ¢
R 12 3
hd A
||| 2
7
I
Throttling Electri
ectric
Valve Evaporator 1 Motor
8 1

N

Water

Fig. 1. Simplified P&ID of the IRIS facility currently under construction at Delft
University of Technology. The shaded components will be integrated in a sec-
ond phase.
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average value of yp, along the prescribed transformation (Giuffre’ and
Pini, 2021). The impact of the viscous effects is quantified by the
average value of the Reynolds number within the impeller, diffuser, and
volute. The vector 6 contains basic information regarding the stage ge-
ometry, see Tab. 2. Few of the quantities composing ¢ are intentionally
taken as dimensional parameters, because, when dealing with miniature
turbomachinery, some geometrical features cannot be scaled due to
limits of manufacturability. In Section 4.2 the effect of scale is investi-
gated, by comparing compressor designs characterized by different di-
mensions, quantified by the value of the size parameter

VI/Z

_ 1
SP = e

(8

but featuring the same values of tip clearance and surface roughness.

The in-house reduced-order model relies on the lumped parameters
approach. The flow quantities and the main dimensions of the machine
are evaluated at each stream-wise station depicted in Fig. 2. The
incoming flow is assumed to be axial and uniform, due to the absence of
inlet guide vanes. At the impeller inlet, the flow quantities are evaluated
at five different span-wise locations, to capture the free-vortex flow
distribution. The relative flow angle at impeller shroud is selected to
minimize the local relative Mach number, following the methodology
proposed by Rusch and Casey (2013). The effective blade count is
defined as Ny = Ny + 0.75N;. Splitter blades are considered in the
calculations whenever the estimated throat length is smaller than a
user-defined threshold, to ensure impeller manufacturability. The
diffuser is assumed to be vaneless and pinched close to the inlet section,
to delay rotating stall inception. Slip at impeller outlet is accounted for
by means of the semi-analytical model of von Backstrom (2006). Within
this model, the value of the empirical constant F, has to be tuned for
each family of impellers. The external volute is designed resorting to the
conservation equations, assuming no friction and no pressure gradient in
the circumferential direction, as suggested in Casey and Robinson
(2021). The thermo-physical fluid properties are evaluated by means of
the reference thermodynamic library developed by NIST (Lemmon et al.,
2018). The axial thrust acting on gas bearings is estimated with the
method reported in Tiainen et al. (2021)

Fox = Fin + Finp + Fs — Fug, )

where F;, and F;,, are the pressure and the impulse forces acting on
impeller inlet, whereas F and Fy, refer to pressure forces acting on the
shroud and the back disk, respectively. Within this model, the shaft is
assumed to be of the cantilever type, and the impeller is assumed to have
no radial labyrinth seals. The shaft radius is either an input from the
user, or is expressed as a fraction of the impeller hub radius. The design
maps presented in the following section were obtained by assuming a
given fraction of the impeller hub radius, to preserve the effect of
scaling.

3.2. Loss Modeling

The compressor efficiency is evaluated as a function of the internal

Table 1
Fluid properties and total inlet conditions specified in the reduced-order model
to create the design maps.

Fluid Py [bar] Ta [K] J Tpy
R[r.]
g-K
Argon 2.0 253.15 208.13 1.674
Hy 1.2 103.15 4124.44 1.516
Air 2.5 308.15 287.05 1.402
CO, 1.5 283.15 188.92 1.271
R134a 0.55 243.15 81.49 1.095
R1233zd(E) 0.5 283.15 63.71 1.055
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Table 2

Specification of the compressor geometrical characteristics used in the reduced-
order model, and collected in the vector 6. The values are referred to the design
maps presented in Section 4.

Description Definition Value
Impeller shape factor Rin 2 0.9
k=1- (Rh)
Number of blades Nuy + Npiie 14
Diffuser radius ratio R3/Ry 1.5
Diffuser blade height ratio Hs/H, 0.85
Diffuser pinch radius ratio Ryinch /R2 1.3
Non-dimensional length L /R2 0.7
Leading edge thickness tie [mm] 2-1-0.2
Trailing edge thickness t [mm] 2-1-0.2
Impeller tip clearance ¢, [mm] 0.15
Back face clearance €p [mm] 0.15
Surface roughness Ra [mm] 0.01

Rs

1 throat

Rls

3

% splitter

% throat

Fig. 2. Meridional view of a centrifugal compressor stage featuring splitter
blades, pinched vaneless diffuser, overhung volute, and no inlet guide vanes.

and external loss sources, expressed in terms of total enthalpy loss,
namely

_ Weul — Aht,inl

= . 10
Weul + Ah&.ex\ ( )

My

The internal losses affect both the pressure ratio and the stage efficiency.
The loss mechanisms that are not associated to the main flow are
grouped in the so-called parasitic or external losses. They affect the stage
efficiency, but they have no influence on the pressure ratio.

If the flow at the inlet of the impeller is supersonic, the entropy
production associated to the presence of shock waves is accounted for by
means of the model proposed by Denton (Denton, 1993), extended to
non-ideal flows, i.e.,

iy, )

11)
37, +1)°

Asgy = ¢y 1

At off-design conditions, the incidence angle deviates from the estimated
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optimal value (Van den Braembussche, 2019), and the associated effi-
ciency loss is computed as (Galvas, 1973)

(Wisin|i — ioge|)’

Aht.i = 2

12
The impact of viscous friction on the impeller performance is evaluated
by means of the model of Jansen (1970)
Lipg—
Bhs = 26 =W
13

W= Vis+ Vot Wig+2W, +3W,
= g ,

where the skin friction coefficient is computed according to the
weighted average method proposed by Aungier (2000). The losses
associated to diffusion in the blade passage are estimated as (Coppage
et al., 1956)

Ahgy = 0.05-(DUs)°

0.75 80| W2
Di=1-"2 U W )
T Wi Ner | _Dis +2D1,>'
T Dz Dz

The total enthalpy loss due to tip clearance is calculated by means of the
correlation introduced by Brasz (1988)

Ay = 0.6e,|vz,f| 47| V2 |Vini K
Hy+5 \ (Ha + 2)Neff
(15)
o RoR,
wom)(143)

The irreversibility associated to wake mixing at impeller outlet is
computed as (Johnston and Dean, 1966)

_ _ g\ 22
_ 1 1—e¢,—H &7 16)
1 + tan?(a,) 1—e, 2

where the sudden expansion coefficient H* is fixed to one. To reproduce
the efficiency decay observed in the proximity of the choking point, the
wake area fraction e, is increased following a geometric progression
between the selected minimum and maximum values, i.e., 0.3 and 0.65,
once the mass flow rate reaches 80% of the choking point value at the
prescribed rotational speed. The flow in the vaneless diffuser is modelled
by integrating the system of two-dimensional differential equations
derived by Stanitz (1952).

Ahl.mx

dVe Vo? Vicosa 1dP

v S o
dR ~ R ' "Hsiny +/} dR
v, Wo , VnVo fVzc.osw _

dR R Hsiny a7

ldp+1de 1dH+1 dH
pdR V., dR HdR R dR

AV dVe . dV,
Vin—a 4+ Voo =0
ar TV ar T VR

Vm

Within this model, the average value of the friction factor is estimated
using the empirical correlation proposed by Japikse (1996)

1.8.10°\ "’
Cr:kvd( Re ) . (18)

In this work, the value of k,qy = 0.008 has been selected as the one
providing the best match with experimental data. The losses in the
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volute and in the exit cone are evaluated in terms of total pressure ac-
cording to Japikse (1996) and SAE International (2019), respectively,
yielding

APy = (K + Ky) (Pys — P3)

F V,
K, = —12 where 1 = -2
1+2 Vi3 (19)
(A—A3/As) . Ay
Ky =F, (R\,) L7 if 4, A>1
and
V2? 8CiL,
APy = pi2 =, 20
" P 2 pytpy 0

In Eqn. (19) the value of both the empirical coefficients F; and F is set to
0.8, whereas in Eqn. (20) the friction coefficient, Cy, is computed with
the Colebrook-White correlation (Colebrook, 1939). The efficiency
penalty due to disk friction is estimated as (Daily and Nece, 1960)

pitpy RU;
Ahgr = KA 22
Lt 2 dm
RU. 3.7(ey/Hy)™'
if Reg = Pl Vs < 310° K = (Eh/osZ) 21)
Ha Reyp
U 0.102(e,/H,)"!
if Rey = P2K2V2 55,105 g = 0102e/ M)
Mo ’ Rey;

The seal leakage loss is accounted for by means of the empirical model of
Aungier (2000):

Ahyy = W
m
2AP,
Uy = 0.816, [—X
P2 (22)
my. = Py UncNegr€Lna
11 (RyVoo — RisVays)
APy = .
NI Ris+R, H + H,
eff uhd 2 2
The recirculation loss is expressed as (Oh et al., 1997)
Ahyye = 8-10%sinh (3.5-03) (D Us)°, (23)

where the diffusion factor is computed according to Eqn. (14).

3.3. Off-Design Performance

In the following, the procedure adopted to evaluate the compressor
characteristic curve along the design speedline is described. The same
calculations are iterated at different rotational speeds to construct the
compressor operating map.

The choking point is estimated by progressively increasing the mass
flow rate from the design point value, and evaluating the meridional
Mach number at the outlet of the exducer, together with the relative
Mach number at the throat section of the main blade passage. The latter
is computed by solving the one-dimensional isentropic flow equations
within the control volume defined by the impeller inlet and throat sec-
tion, at five different span-wise locations:

piWacosp, T =W, (2,’;—? cosBr — ne)

Wi U: w2 U 24)
)
po =f(ha,s1).
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The impeller is considered choked when either the outlet meridional
Mach number is equal to one, or the throat Mach number is unitary over
the entire blade span.

The minimum mass flow rate at constant rotational speed is limited
by the inception of unstable operating conditions, i.e., surge or rotating
stall. A conservative estimate can be obtained by assuming that surge is
initiated when the slope of the speedline becomes null (Freeman and
Cumpsty, 1992), i.e., df/dm = 0. Due to the complexity of the flow
phenomena involved in rotating stall, an accurate prediction of its
initiation is only possible by resorting to time-accurate, three-dimen-
sional, full annulus CFD simulations (Marconcini et al., 2017). In the
reduced-order model, the inception of rotating stall is estimated using
the semi-empirical correlation of Kobayashi et al. (1990)

H H
o = Ao enco + (17.02 —742 R—2> <1 - —3>, (25)

2

l No
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where a; senoo refers to the critical flow angle at diffuser inlet computed
with the model proposed by Senoo and Kinoshita (1977).

Once the choking point has been estimated, the mass flow rate is
progressively reduced, and the compressor performance are computed,
until either the conditions of surge, i.e., df/dm <0, rotating stall
inception, i.e., az > as., or minimum allowable efficiency, e.g.,
ne < 50%, are met. The operating range at the prescribed rotational
speed is then computed according to the following definition

_ Menoke — Min (1)

OR (26)

Myes

A complete overview of the compressor design workflow is shown in
Fig. 3.

optimizer?

Yes

Design specifications Optimization’@‘ Update optimization variables [€--------
Constraints v E
1/’ = d}is E

OFF-DESIGN | |

Set preliminary impeller dimensions, and i Compute Mepoke i
compute isentropic flow quantities at station 1-2 paatew | | . > set T = Michoke, and dri E
Compute slip, update flow quantities at station 2 H 1 m = m?ld - drn :
l ! 0 €w = f(m7 mchoke) H

Compute impeller losses, and : : :

update flow quantities at station 2 H i CO@P ute IOSS&tS’ amd, flavi :

' 0 quantities at stations 1-2-3-4-5 H

Update Hj using mass balance : : '

! ! Compute Fpy .

Compute impeller losses i E H

\ : E

.- -» Update flow quantities at station 2 i v E
: : : i Yes H
i No : 1 v H
S — 2 ' : !
P2 = pra |< € H ! Compute objective functions: '

: 1-7%,1-OR :

1 Yes E E E

v ; E :

Set diffuser geometry, compute losses, i 1 E

and set flow quantities at station 3 : L Convergence of No :

Set volute and cone geometries, compute losses,
and set flow quantities at stations 4-5

DESIGN

lﬂtt - ﬂtt,target |< €?

1 Yes

Optimal compressor
stage design

Fig. 3. Flowchart of the reduced-order compressor model: design, off-design, and optimization. The symbol e refers to the tolerance prescribed in the algorithm.
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3.4. Validation

In order to assess the accuracy of the tool, the predictions of the
compressor model have been compared with experimental data of three
well-documented test cases available in the open literature. The first two
test cases are the Eckardt impeller O and impeller B (Eckardt, 1975;
1976; 1977; Japikse, 1987), i.e., two large centrifugal compressors
featuring a vaneless diffuser, and operating with air. The accuracy of the
experimental data is +1% for the mass flow rate, +3 rpm for the rota-
tional speed, and +0.25% for the pressure measured at the nominal
location (Japikse, 1987). The third test case is a small-scale compressor
designed and tested by Schiffmann and Favrat at EPFL (Schiffmann and
Favrat, 2009). The machine features backswept blades, a vaneless
diffuser, and operates with refrigerant R134a. The uncertainty of the
experimental measurements is +0.5% for the mass flow rate, and +0.02
bar for the pressure (Schiffmann and Favrat, 2010). In the analysis
presented here, the volute and the exit cone are not modelled, in order to
closely reproduce the experimental conditions. The geometrical char-
acteristics and the boundary conditions used to setup the test cases are
summarized in Tab. 3.

The results are illustrated in Fig. 4 and Fig. 5. The comparison has
been performed over the entire range of rotational speeds for each test
case. However, only the efficiency predictions for the EPFL compressor
are reported in Fig. 5 for brevity. The outcome of the validation study is
that more than 95% of the experimental data fall within the +5% un-
certainty bands of the calculated values, excluding the §, measurements
of the EPFL compressor in the close proximity of the choking point at
210 krpm. Moreover, the semi-empirical correlation proposed by
Kobayashi et al. (1990) correctly captures the trend of rotating stall
inception, but may lead to underestimation of the operating range for
small-scale compressors at large rotational speed. The predictive capa-
bilities of the model may be improved only by resorting to additional
experiments or high-fidelity, time-accurate numerical simulations.
However, this is beyond the scope of the present work.

4. Design Maps

The validated compressor model is used to generate design maps,
namely two-dimensional contours of different performance metrics,
computed as a function of ®, and g, while fixing the values of the
remaining independent variables of Eqn. (7). The prescribed ranges of
®,; and p, are discretized with 20 sampling points, i.e., each design map

Table 3

Data of the centrifugal compressors used to validate the reduced-order model.
Variable Eckardt O Eckardt B EPFL
Fluid Air Air R134a
Ta [K] 288.15 288.15 283.15
Py [bar] 1.01 1.01 1.65
Q [krpm] 10-18 10-16 150-210
Ri s [mm] 140 140 5.6
Ry, [mm] 45 9% 1
Ry [mm] 200 200 10
R3 [mm] 338 338 16.5
H, [mm] 26.7 26.7 1.2
H; [mm] 13.6 13.6 1
Ly [mm] 130 84.2 7.7
Ny, 20 20 9
Naic 0 0 9
Brv1s [deg] -63 -60 -60
Prvin [deg] -33 -45 -20.5
Popi [deg] 0 -40 -45
Ra [mm] 0.01 0.01 0.01
tie [mm] 2.5 2.5 0.2
t [mm] 1.25 1.25 0.2
€ [mm] 0.372 0.372 0.05
ey [mm] 0.372 0.372 0.2
Fy 4.5 4.0 4.0
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presented in the following is constituted by 400 unique compressor
designs.

4.1. Influence of the Working Fluid

The influence of the working fluid on the stage layout and perfor-
mance is investigated by comparing design maps computed for com-
pressors characterized by the same size parameter SP =0.01 and
isentropic work coefficient y;, = 0.8, but operating with different fluids.
The working fluids and the corresponding total inlet conditions
considered in the present study are listed in Tab. 1. To separately
investigate the effect of the fluid molecule and of the compressor size,
the values of total inlet pressure and temperature are chosen to guar-
antee dynamic similarity, i.e., the average Reynolds number based on
the hydraulic diameter is kept nearly constant in all test cases. Moreover,
the total inlet conditions are selected so that all the fluids are in the
dilute gas state, i.e., 7p, ~ y. Consequently, the influence of flow non-
ideality, which is outside the scope of this investigation, can be
neglected. However, due to the adoption of the generalized isentropic
exponent in the scaling law and in the loss models, the methodology
described in this work is applicable also to compressors operating with
non-ideal flows, i.e., 7p, # 7.

The contours of stage total-to-total efficiency, tip speed Mach num-
ber, and relative Mach number at inducer shroud are illustrated in Fig. 6
for air and refrigerant R1233zd(E). The following considerations can be
drawn by comparing the two design maps. The compressor stage oper-
ating with air features larger values of efficiency over the entire design
space, and the performance gap increases when departing from the re-
gion of optimal efficiency. Moreover, the fluid molecular complexity
affects the shape and the position of the locus of optimal efficiency, as
illustrated by the solid black lines. The stage operating with R1233zd(E)
features a moderate increment of My, . and My, over the design space, as
highlighted by the dashed red and white lines, respectively. The increase
of My, , is caused by the lower speed of sound associated to the more
complex fluid molecules, whereas the rise of My, is due to the smaller
value of 7, calculated for R1233zd(E) over the compression process, as
discussed in Section 1.

The contours of compressor operating range, and axial thrust acting
on bearings are depicted in Fig. 7, for the same couple of working fluids.
The main outcomes can be summarized as follows. On the one hand, the
stage operating with air is characterized by a wider operating range over
the design space. This is mainly due to the smaller value of My, asso-
ciated to the simpler fluid molecule, which leads to a larger choke
margin at design point. On the other hand, the stage operating with air
features larger values of axial thrust, as compared to the ones obtained
with R1233zd(E). The reason is twofold. First, the two compressor stages
are characterized by comparable dimensions, but different total inlet
pressure, to achieve dynamic similarity. In turn, the higher inlet pressure
imposed to the stage operating with air leads to a larger axial thrust
acting on the compressor eye. Furthermore, the air compressor features
a higher inlet meridional velocity, thus a larger mass flow rate, and a
larger impulse force acting on the inlet.

The previous considerations can be generalized, by analyzing the
trends of the stage performance metrics computed for all the working
fluids listed in Tab. 1. As illustrated in Fig. 8, an increase of fluid mo-
lecular complexity, that is associated to a decrease of 7p,, leads to a
decrease of the optimal value of swallowing capacity. This effect can be
attributed to the growing impact of shock losses on impeller perfor-
mance at increasing values of My, ., observed in correspondence of small
values of yp, and large values of ®,;. Moreover, the optimal stage effi-
ciency is directly proportional to 7, and inversely proportional to the
target pressure ratio, see Fig. 8. The rotational speed at design point
shows an opposite trend, as displayed in Fig. 9. To summarize, given the
compressor scale, measured by SP, and the isentropic work coefficient
¥;,, the stages operating with working fluids made of simple molecules,
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Fig. 4. Total-to-total pressure ratio vs. mass flow rate. Solid lines represent compressor model predictions; dashed lines bound colored +5% uncertainty bands; dots
correspond to experimental data of Eckardt impellers O and B (Eckardt, 1977; Japikse, 1987), and EPFL compressor (Schiffmann and Favrat, 2010). The estimated
choking and rotating stall operating points are marked by m and a, respectively.
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Fig. 5. Total-to-total efficiency vs. mass flow rate for the EPFL compressor. Solid lines represent compressor model predictions; dashed lines bound colored +5%
uncertainty bands; dots correspond to experimental data (Schiffmann and Favrat, 2010).
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Fig. 6. Design maps of 1, My,, and My, , computed for air and refrigerant R1233zd(E) at y;; = 0.8, SP = 0.01, k = 0.9, and at P;, Tz specified in Tab. 1. The dots
correspond to the values of @, that maximize 7, for each f; the solid line represents their spline interpolation of order two. The cross indicates the design point
resulting from the optimization study described in Section 5.
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Fig. 7. Design maps of OR, and F,, computed for air and refrigerant R1233zd(E) at y;; = 0.8, SP = 0.01, k = 0.9, and at P, T specified in Tab. 1. The cross
indicates the design point resulting from the optimization study described in Section 5.

5.0 — Argon
— H,
— Air
4.5 — CO,
—— Rl34a
—— RI1233zd(E)
4.0
.
=35
Q.
3.0
2.5
2.0

0.08 0.10 0.12 0.14 0.16 0.18 0.20 0.22
b1 [

— Argon
80 —_n,
— Air
~ — O,
™ —— Ri3h
—— R1233zd(E)
76
S
e
B
72
70
68
2.0 2.5 3.0 3.5 4.0 45 5.0
Bt []

Fig. 8. Locus of optimal efficiency for compressors operating with fluids of increasing molecular complexity. All the computations are performed with y;; = 0.8, SP =
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characterized by large values of 7, and R, are more efficient, but their
rotational speed is higher. As a consequence, Q may exceed the
maximum allowable limit for mechanical resistance, and the stage must
be re-designed at higher work coefficient, at the expenses of fluid dy-
namic efficiency. Fluid molecules like Argon, featuring high values of
isentropic exponent and relatively high molecular weight, are attractive,
as they enable the design of mini compressors characterized by both
high efficiency and moderate rotational speed.

4.2. Influence of Size

The influence of scale on compressor design is studied by comparing
design maps computed for stages operating with Air and R1233zd(E),
but characterized by different values of size parameter SP = 0.1 —
0.05 — 0.01. The total inlet conditions are kept unaltered, but the dy-
namic similarity condition is not valid anymore, due to the different
compressor dimensions. Moreover, the magnitude of relative clearances
and relative surface roughness decreases with increasing size parameter,
due to the relaxation of manufacturing constraints.

The stages featuring larger size parameter are characterized by
higher efficiency values over the entire design space, as shown in
Fig. 10. However, the size parameter has only a minor influence on the
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Fig. 10. Locus of optimal efficiency for compressors characterized by different size parameter. All the computations are performed at y;;, = 0.8, k = 0.9, and at Py,
Ty specified in Tab. 1. The black dots correspond to the stage designs chosen for the loss breakdown analysis.

locus of optimal efficiency in the ®; — f, plane. To gain further insights
about the sources of efficiency penalty in small-scale compressors, a
detailed loss breakdown analysis has been performed for stages with
varying size parameter, and designed at moderate pressure ratio in the
neighborhood of the optimal efficiency region, i.e., SP = 0.1 — 0.01, j,
=3.5,®3 =0.13, see Fig. 11. The loss sources that are mostly affected
by the change of SP are the ones associated to tip clearance, seal leakage,
recirculation, and viscous friction in the impeller and the diffuser. The
increase of recirculation loss at low values of size parameter is induced
by the rise of the optimal a; computed by the reduced-order model, and
thus cannot be significantly mitigated. On the contrary, the increase of
clearance and leakage losses can be alleviated by reducing the relative
tip gap. In the same fashion, the efficiency penalties due to viscous
friction can be mitigated by reducing the relative surface roughness.
Quantifying the impact of the different manufacturing constraints on the
stage efficiency is of paramount importance to focus efforts and re-
sources in the areas that can enable the largest performance gain. The
calculations performed with the reduced-order model show that an in-
crease of relative tip gap of one order of magnitude leads to an efficiency
penalty of ~ 6% for the stage operating with refrigerant R1233zd(E). In
the same fashion, an increase of relative surface roughness of one order
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Fig. 11. Loss breakdown for compressor stages operating with air and refrig-
erant R1233zd(E), featuring ®; = 0.13, y;;, = 0.8, f, = 3.5, SP = 0.1 — 0.01.
The abbreviations displayed on the abscissa refer to the subscripts used to
identify the loss components.
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of magnitude produces a performance decay of the order of 3.8%.
Similar trends are calculated for the air compressor.

To summarize, the value of swallowing capacity maximizing the
stage efficiency is not remarkably influenced by the size parameter and
lies between ®; = 0.1 —0.15 for stages featuring moderate to high
pressure ratio. However, the stage operating range is maximum at low
values of swallowing capacity, i.e., ®; = 0.05— 0.07. A similar argu-
ment can be used to prove that there is a trade-off between stage effi-
ciency and operating range with respect to most of the design variables
listed in Eqn. 7. Therefore, the optimal design of this kind of machines
can be achieved only by resorting to a multi-objective optimization
strategy.

5. Multi-Objective Design Optimization

In order to verify the validity of the design guidelines derived from
the maps presented in Section 4, a design exercise was carried out,
namely the multi-objective optimization of the first compressor stage
that will be installed in the IRIS test rig. The selected case study is
particularly relevant, as it features small dimensions, a working fluid of
moderate molecular complexity, and stringent requirements in terms of
both efficiency and operating range. The simplified process flow dia-
gram of the test rig is shown in Fig. 1. It consists of a two pressure level
refrigeration cycle resembling the configuration of an ECS for large
helicopters, i.e., nineteen passengers and two pilots.

In mathematical form, the multi-objective design optimization of a
single stage centrifugal compressor can be formulated as follows:

.\IrIGI%QI’}F(x) = [fl(x),...,fnobJ (x)], s.t.
hk(x) =0 k= 1,...,1’lgq

gi(x) < 0 i= 1, +++y Mineq

X <x<xy; j=1,..,n

(27)

where x is the vector of independent variables, F(x) = [1 —p,, 1 —OR] is
the vector of the objective functions, and hy(x), gi(x) are the vectors of
the equality and inequality constraints, respectively. The parameters,
the optimization variables, and the inequality constraints considered in
the present work are listed in Tab. 4. Overall, the optimization problem
comprises eight design variables, two objectives, and seven inequality
constraints.

5.1. Optimization Results

The Pareto front is computed by means of the NSGA-II algorithm
described in (Deb et al., 2002) and implemented in (Blank and Deb,



A. Giuffre et al.

Table 4
Setup of the multi-objective compressor design optimization.

Variable Type Value

P Parameter 3.45

m [kg/s] Parameter 0.114

fluid Parameter R1233zd(E)

Py [kPa] Parameter 47.789

Ta [K] Parameter 278.13

(0%} Design variable 0.05-0.2

Wi Design variable 0.6-1.0

ay [deg] Design variable 60-75

k Design variable 0.65-0.95

Ny Design variable 12-20

R3 /R2 Design variable 1.3-2.0
H3; — Hy Design variable 0-1

Ha(R2/Rpinch — 1)

Ryinch — R2 Design variable 0-1

R3 —R;

min(Ry ;) [mm] Ineq. constraint 3.25

max(R4) [mm] Ineq. constraint 50

min(a) [mm] Ineq. constraint 1.0

min(Hz) [mm] Ineq. constraint 1.35

max(Q) [krpm] Ineq. constraint 150

max (Fu) [N] Ineq. constraint 50

max(Ms) Ineq. constraint 0.65

2020). All the optimization variables are floating point, except for the
number of blades, which is treated as an integer. The initial population
comprises ten individuals for each design variable and is sampled ac-
cording to the latin hypercube methodology along the floating point
directions, and randomly along the integer axis. The population is
evolved for eighty generations, applying simulated binary crossover and
polynomial mutation, leading to 6400 function evaluations. As dis-
played in Fig. 12, the resulting Pareto front shows larger variability over
the axis associated to compressor operating range than over the one
related to stage isentropic efficiency. In turn, the optimal conceptual
design has been chosen among the non-dominated solutions by priori-
tizing the compressor operating range as objective.

The main features of the optimal design are reported in Tab. 5, while
the meridional view of the resulting impeller and diffuser is displayed in
Fig. 12. The optimal compressor design is characterized by y;, ~ 0.8,
SP ~ 0.01, and k =~ 0.9, thus the corresponding design point can be
displayed on the maps shown in Fig. 6-7. Three main considerations can
be outlined.

As expected, the swallowing capacity of the optimal design lies in
between the locus of optimal efficiency and the region of maximum
operating range. The higher is the prescribed pressure ratio, and the
molecular complexity of the selected working fluid, the smaller is the
distance between the locii of maximum efficiency and operating range.
This information is essential to address the trade-off between design
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Table 5
Main characteristics of the compressor design selected along the Pareto front
generated by the reduced-order model coupled to a gradient-free optimizer.

Variable Value Variable Value
N, 1.208 Dy 1.870
My, 1.12 My, 1.5
@ 0.106 v 0.793
Sp 0.019 k 0.95
Q [krpm] 68-94 P [deg] 60
Ry [mm] 15.2 Prpip [degl 16.5
Rip [mm] 3.4 Pop [deg] 29.6
Ry [mm] 22.8 Ra [mm] 0.032
R3 [mm] 35.2 R4 [mm] 49.3
H, [mm] 2.3 Depout [mm] 17.8
H; [mm] 1.6 t; [mm] 0.3
L, [mm] 16.0 t, [mm] 0.6
Ny, 7 ¢ [mm] 0.15
Ngpiit 7 e, [mm] 0.15

point efficiency and operability, when approaching the design of a new
prototype.

The tip speed Mach number and the relative Mach number at the
inducer shroud can be accurately predicted from the design maps. The
tip speed Mach number scales with the prescribed pressure ratio,
whereas the relative Mach number is also a function of the swallowing
capacity. In the proposed design exercise, in order to comply with the
requirement of subsonic flow in the inducer, one has to select a lower
swallowing capacity, thus further compromising on the design point
efficiency.

The optimal design is not located on the Cordier line, i.e., the locus of
optimal efficiency in the Ny — D chart (Balje, 1981), where

1/2
1%
=Q—— (28)
AR
Ah1/4
D, = D, .1‘;2 ) 29)
Vl

Therefore, such design cannot be obtained by applying existing design
rules.

5.2. Performance Investigation based on CFD

The three-dimensional geometry of the impeller and the diffuser are
constructed from the conceptual design data of the optimal compressor
design, using a commercial software (ANSYS Inc., 2019a). The shape of
the main and the splitter blades are controlled by specifying the hub,
mid, and shroud profiles, and by stacking them along the radial direction
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Fig. 12. Optimal design of the first compressor stage for the IRIS test rig. From left to right: Pareto front obtained with the multi-objective optimization framework,
meridional flow path of the selected design, 3D impeller geometry and computational grid. The hub and shroud curves are defined as third order Bezier curves, whose

control points are displayed in the central image.
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at leading edge. To cope with transonic flow in the inducer, the blades
are designed to be aft-loaded at shroud, aiming to improve the choke
margin and reduce the shock losses (Casey and Robinson, 2021). The
wrap angle at each span-wise location is set to obtain 16.5° of rake angle,
to enhance the structural integrity of the impeller. The blades feature
constant thickness distribution in the meridional direction and linear
tapering in the span-wise direction. The vaneless diffuser is character-
ized by a linear pinch extending through its entire length. The presence
of the volute is neglected in this analysis to reduce the computational
cost.

Steady-state, single passage RANS computations (ANSYS Inc.,
2019b) with a mixing-plane interface are used to assess the compressor
fluid dynamic performance over the entire operating range. The
boundary conditions are imposed in terms of flow direction, total
pressure, and total temperature at the inlet, whereas the mass flow rate
is assigned at the outlet. The xk — @ SST turbulence model is employed
together with adequate cell clustering near walls to guarantee y + < 1.
Turbulence boundary conditions are set in terms of inlet turbulence
intensity (x = 5%) and eddy viscosity ratio (u/u, = 10), while the tur-
bulent Prandtl number is set to Pr, = 1, in accordance with what is
documented in (Otero et al., 2018). The advective and turbulent fluxes
are discretized with total variation diminishing schemes (Barth and
Jespersen, 1989), while a central difference scheme is adopted for dis-
cretizing the viscous fluxes. A look-up table method is employed to
speed-up the evaluation of the thermo-physical fluid properties. The
property values are calculated using the multi-parameter equation of
state model available in (Lemmon et al., 2018). The vapor properties are
extended up to the spinodal line to improve solver robustness in the
initial phase of the calculation, without affecting the accuracy of the
converged solution. After performing a sensitivity analysis, see Fig. 13, a
grid size of approximately two million cells and a thermodynamic mesh
of one million elements are set as optimal trade-off between accuracy
and computational cost.

A total of 27 RANS computations have been performed to compute
the compressor operating map in a range of rotational speeds extending
from 80% to 110% of the design point value, corresponding to 85.7
krpm, as shown in Fig. 14. The CFD calculations determined a design
point pressure ratio of 3.38 and an isentropic efficiency equal to 85.93%,
neglecting the effect of parasitic losses, and of the efficiency decay in the
volute and the exit cone. The maximum deviation between the pre-
dictions of the reduced-order model and CFD is 6.18% and 6.86% in
terms of B, and 7, respectively, whereas the average deviation
measured for both performance metrics is below 5%. These results
provide further evidence of the accuracy of the in-house tool, and
additional confidence in the trends described in Section 4.

Further insights about the compressor flow field at design point can
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Fig. 13. Sensitivity of total-to-total pressure ratio and internal isentropic effi-
ciency on the number of grid nodes.
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Fig. 14. Compressor operating map. The solid lines represent the predictions of
the reduced-order model; the results computed by CFD are displayed by the
dots, in terms of both mass-flow averaged g, and internal #,.
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Fig. 15. Flow field computed by means of CFD at design point. The Mach
number distribution is shown in the form of contour plots over different sec-
ondary planes. The iso-entropy lines are displayed over the blade surfaces. 3D
streamlines are colored from transparent to white, according to the local value
of entropy, to highlight the tip leakage vortex.

be gained by inspecting Fig. 15. The largest entropy generation is pre-
dicted in the shroud region of the inducer, due to the occurrence of
transonic Mach number, and in the rear part of the blades, as a result of
viscous mixing of the tip leakage vortex with the main flow. As high-
lighted by the streamlines, the use of aft-loaded blades at shroud is
effective in delaying the formation of the tip leakage vortex, thus
reducing the efficiency penalty associated to large tip clearance, as re-
ported in (Javed et al., 2016). More advanced three-dimensional design
strategies, supported by a CFD-based optimization framework, see
(Elfert et al., 2017), can be used to further refine the candidate design,
enabling even higher efficiency and wider operating range.

6. Conclusions

The effect of size and working fluid on the efficiency, operating
range, and axial thrust on bearings has been investigated for single stage
centrifugal compressors by means of a reduced-order model, validated
with experimental data. Moreover, the reduced-order model has been
used to perform a design exercise, i.e., the multi-objective optimization
of the first compressor stage of the heat pump test rig currently under
construction at Delft University of Technology. The key characteristics
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of the optimal compressor design have been compared to those derived
from the design maps, to corroborate their validity. The optimal design
has been extensively characterized by means of 3D steady RANS simu-
lations. The outcomes of this study can be summarized as follows.

1. Compressor stages operating with fluids made of heavy and complex
molecules exhibit lower efficiency, if compared to compressors for
fluids made of simpler molecules. The locus of optimal efficiency
shifts towards lower values of swallowing capacity for decreasing
values of 75,. However, compressors operating with simple-molecule
fluids optimally operate with higher rotational speed. If Q exceeds
the maximum allowable threshold, the stage should be re-designed at
higher work coefficient, therefore penalizing fluid dynamic
performance.

2. Fluid molecular complexity has a minor influence on the stage
operating range, but it remarkably affects the axial thrust acting on
the bearings. Compressor stages operating with complex-molecule
fluids produce lower axial thrust, if compared to their simple-
molecule counterparts, thus making them particularly suitable for
the use of oil-free gas bearings.

3. Compressors featuring a lower size parameter are characterized by
lower efficiency, as a result of manufacturing constraints, leading to
higher relative tip clearance and higher relative surface roughness.
The efficiency penalty is more sensitive to variations of clearance gap
than to surface finishing. However, the size parameter has a negli-
gible influence on the shape and the position of the locus of optimal
efficiency.

4. The optimal design of the first compressor stage for the IRIS test rig
complies with the guidelines that can be derived from the ®; —p,
maps, in terms of design point efficiency, operating range, tip speed
Mach number and relative Mach number at the inducer shroud.
Moreover, the optimal design can not be readily obtained by
applying existing design rules, as it is not located on the Cordier line
in the Ny — D; chart.

5. Steady-state RANS simulations of the flow past the optimal
compressor layout predict a design point pressure ratio of g, = 3.38,
an internal isentropic efficiency equal to 7, = 85.93%, and an
operating range of 0.49 at 85.7 krpm. These findings provide further
evidence that efficient mini-compressors operating with organic
fluids, and featuring pressure ratios up to five at off-design condi-
tions, are feasible from the fluid dynamic standpoint.
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