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ABSTRACT

For uCHP applications, micro gas turbines offer many potential advantages in comparison to other conver-
sion technologies due to their compact size and high specific power, low vibration and noise, low mainte-
nance requirements, low emissions and high-grade residual thermal energy.

The recuperated micro gas turbine developed by the Dutch company Micro Turbine Technology B.V. (MTT)
utilises off-the-shelf turbocharger impeller for their micro gas turbines to reduce manufacturing cost. How-
ever, adopting the turbocharger impeller for micro gas turbine applications mostly results in operating the
compressor at off-design conditions, thus reducing it’s performance.

Improvement in micro gas turbine performance can be achieved by suitable modification of turbocharger
technology, especially considering that turbochargers usually employ centrifugal compressor with a vaneless
diffuser to minimise production cost and maximise flow range, whereas micro gas turbines require higher
efficiency and pressure ratio for a confined operating range. Thus, the main objective of this thesis is to de-
termine a cost effective option to increase the performance of the MTT Compressor.

Form the 1D meanline results, it was observed that the incidence at the inlet of the impeller played a sig-
nificant role in reducing the performance of the MTT compressor. The adoption of turbocharger impeller for
MTT compressor was the primary reason for the reduction in MTT compressor performance. However, the
losses due to incidence were mitigated at the expense of pressure ratio by providing a positive pre-whirl at
impeller inlet. Significant increase in performance of MTT compressor was observed by replacing the vane-
less diffuser with a vaned diffuser.

Optimisation of MTT compressor with a vaneless diffuser (OCVLD) was performed to determine the signifi-
cance of various geometrical parameters on MTT compressor performance. The blade angle at impeller inlet
played a major role in reducing the performance of the MTT compressor followed with radius at inducer hub,
radius at inducer tip and radius at impeller tip. Further increase in efficiency was observed by performing an
optimisation of MTT compressor with a vaned diffuser (OCVD). However, incorporating optimised impeller
design is not a cost effective option for MTT as a new compressor scroll has to be designed to accommodate
the optimised impeller.

The most cost effective option to increase the performance of the MTT compressor is by incorporating pre-
whirl and vaned diffuser with existing turbocharger impeller. It was observed that, approx. 2.2% increase in
electrical efficiency for MTT CHP unit can be achieved by incorporating a positive pre-whirl of 25 [deg] and
an airfoil shaped vaned diffuser.

A.M. Wasim
Delft, June 2017
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INTRODUCTION

This chapter provides an overview on the need for micro-cogeneration systems, the significance of micro gas
turbine for micro-cogeneration systems and implications of micro compressor performance on cogeneration
cycle performance. The motivation and scope for this work along with the thesis outline are also presented.

1.1. ENERGY TRENDS IN EUROPE

Fossil fuels (i.e., coal, oil and natural gas) are of great importance due to its ability to provide a significant
amount of energy per unit mass. Coal is the most plentiful fuel in the fossil family and its usage for household
purposes dates back to thousands of years. Burning of coal for electricity is relatively a newcomer in a long
history of this fossil fuel. First of such occurrence took place in the 1880s. Commercial exploitation of oil to

light lamps commenced in 19°" century. Usage of natural gas for electricity generation was first made viable
in 1940.
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Figure 1.1: Gross Inland Energy Consumption in (%) of Total Energy Consumption [1]

Figure 1.1 highlights the percentage of energy consumption from various energy sources between 1990 to
2014 by the European Union. From figure 1.1, we can observe a significant reduction in usage of fossil fuels.
The scarcity of fossil fuels and its adverse effect on climate are the primary reasons for such trend. The Euro-
pean union is facing unprecedented challenges to limit climate change and to overcome the economic crisis
due to its increased dependence on energy imports. One of the valuable means to address these challenges
is to increase the efficiency of the energy production.

Increasing energy production efficiency will increase the union’s security by reducing primary energy con-
sumption and decreasing energy imports. It will also reduce the green house gas emissions in a cost-effective
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way, thus mitigating the climate change. Shifting to a more energy efficient economy will assist the European
Union in saving 20% of its primary energy consumption by 2020 [2]. Undoubtedly, one of the efficient ways
of producing energy is distributed energy generation.

1.2. DISTRIBUTED ENERGY GENERATION

Conventionally, power plants have been large, centralised units transmitting electrical and heat energy over
long distance. The transmission losses and distribution cost of electrical and heat energy is over 30% of the
total energy cost [3]. To minimise the losses and cost, production of energy commenced at or near the point
of use, irrespective of size, fuel and technology. It is known as "Distributed Energy Generation". It is also
termed as "Embedded Generation", "Dispersed Generation" and "Decentralised Generation".

The benefits of distributed energy generation are multiple and can be divided into three categories. From
an environmental point of view, distributed energy systems increase system efficiency and reduce emissions.
From an operational point of view, distributed energy systems reduce transmission and distribution losses,
power fluctuation and increase power quality. From an economical point of view, distributed energy systems
have a positive influence on energy prices due to its location flexibility [4].

Energy produced as Heat
HRP = — (1.1)
Energy produced as Electricity

Figure 1.2 and 1.3 summarizes the variation in CO, emissions and cost with respect to Heat to Power Ratio
(HPR) (Equation (1.1)); between centralized and distributed energy systems respectively. There is significant
reduction in CO, emissions and cost for distributed energy systems, when compared to centralized energy
system as shown in Figure 1.2 and 1.3.
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Figure 1.2: CO2 emissions trend between central and distributed energy generation [5]

1.3. MICRO CHP SYSTEM

Combined heat and power plants (CHP) produce electricity from heat that is generated from a central pro-
cess. There are three main types of CHP based on their operation and size. They are Industrial CHP, Residen-
tial CHP and Micro-CHP. As per European Union Directive, Micro-CHP means a CHP unit with a maximum
capacity below 50 KW,; [6]. Unlike Industrial and Residential CHP, Micro-CHP produces energy at a higher
efficiency and near the point of use.

Figure 1.4 summarises the magnitude of energy input and losses associated with conventional and co-
generation cycle to meet customer needs. For a conventional system, 3.9 units of energy input are required
to meet customer’s requirement, whereas for a micro-cogeneration system just 2.5 units of energy input is
sufficient to satisfy the customer’s requirement.

The overall (1,), electrical (1,;) and thermal (1) efficiency is defined as:



1.3. MICcRO CHP SYSTEM
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Figure 1.3: CO2 emissions trend between central and distributed energy generation [5]
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Figure 1.4: Conventional generation versus cogeneration [7]

_ Electrical Energy+ Thermal Energy

o= Energy Input
_ Electrical Energy

et = Energy Input
_ Thermal Energy

Hen = Energy Input

(1.2)

(1.3)

(1.4)

Figure 1.5 distinguishes the proportion of overall, electrical and thermal efficiency for cogeneration and
conventional generation. The overall efficiency for conventional cycle is 51.3%, whereas for cogeneration its
80%. Thus the micro CHP is 55.9% more efficient than conventional generation.
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Figure 1.5: Comparison of overall (1), electrical (n,;) and thermal (n,,) efficiency between cogeneration and conventional generation.
Data taken from [7]

Micro cogeneration systems usually consists of four basic elements, namely a prime mover, an electricity
generator, a heat recovery system and a control system. The prime mover is responsible for converting the
chemical energy stored within fuel into useful form of energy by driving the electricity generator. The heat
recovery system is responsible for recovering the residual thermal energy available in the system and dis-
tributing it to the surroundings. The control system is responsible for safe operation of the micro CHP unit
by physically aggregating the loads and energy production. The five main conversion technologies applied to
micro CHP system are reciprocating engines, stirling engines, fuel cells, Rankine cycle systems and micro gas
turbines.

Reciprocating Engine Reciprocating engines are commonly divided into Otto engines and diesel engines.
Otto engines utilise a spark plug to ignite a pre-mixed charge after compression in the cylinder, whereas in
diesel engines the fuel is injected at high pressure to self-ignite the compressed air in the cylinder. For size
ranging from 1-5 kW electric power output, reciprocating engines are the most fuel efficient engines [8].

Stirling Engine Unlike reciprocating engines, Stirling engines are piston driven machines with an external
thermal energy source. Due to the external combustion process, Stirling engines are potentially more effi-
cient, cleaner and quieter than internal combustion engines.

Fuel Cell Fuel cells are electro-chemical devices which convert the chemical energy stored within the fuel
directly into electricity and heat without involving the process of combustion. There are various types of fuel
cell technology with different designs; however, they all share the characteristics of high efficiency, no moving
parts, quiet operation and low or zero emissions at point of use [9].

Rankine Cycle System Among all the technologies current developed for the micro-cogeneration system,
ranking technology is arguably one of the most advanced concepts. The most familiar Rankine power plant
utilises steam turbines for industrial CHP applications with power output up to several MW,;. Application
of steam power plant for applications up to KW,; is highly inefficient. In order to overcome this drawback,
Organic Rankine Cycle (ORC) systems were introduced. ORC systems use organic fluid with favourable ther-
modynamic properties, resulting in high overall efficiency and very high turbine efficiency when compared
to steam Rankine cycle.

The performance characteristics for different micro cogeneration prime mover technologies is listed in
table 1.1. Micro gas turbines, which will be discussed in detail in section 1.4, is also listed in the table for
comparison purpose. As Stirling engine system, fuel cell system and Rankine cycle system are yet in research
and development phase, reciprocating engines and micro gas turbines are commercially viable option as
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prime mover for micro-CHP units. Due to low emission and noise levels, micro gas turbines are preferred
over reciprocating engines for micro-CHP units.

Table 1.1: Performance Characteristics for Different Micro Cogeneration Conversion Technologies [4]

Reciprocating Stirling Rankine Cycle Micro Gas
: . Fuel Cell . .
Engines Engines Engines Turbines
10l%] 85-90 80-90 80-85 80-90 70-90
Ne1[%] 20-25 10-25 25-33 8-15 14-23
Emissions High verylow  almost zero N.a. Low
Noise level High Moderate Low Moderate Low/Moderate
Fuel flexibility Good High Good Very High Good

1.4. MICRO GAS TURBINES FOR MICRO CHP SYSTEM

Micro gas turbines are small-scale gas turbines operating on Brayton cycle. The temperature-entropy dia-
gram of an ideal recuperated Brayton cycle is shown in Figure (1.6). Unlike their bigger counterparts, micro
gas turbines have increased internal losses, due to relatively higher tip clearance, and high viscous effects be-
cause of low Reynolds numbers. Micro gas turbines are a natural option as the prime mover for micro-CHP
applications due to its compact size; high specific power; low vibration and noise; a small number of moving
parts and high fuel flexibility. Figure (1.7) shows a schematic of a recuperated micro gas turbine CHP unit of
Micro Turbine Technologies (MTT). MTT is an innovative company developing advanced micro gas turbines
for micro-CHP and automobile applications. The main components of MTT recuperated micro gas turbines
are the compressor, the recuperator, the combustor, the turbine, the heat recovery unit and the generator.

Recuperator

Exhaust
Low temperature

Waler / Air
MNatural gas !
oil

Combustor .

AC/DC
electricity

Inverter |
r. Rectifier Generator

Compressor Turbine

Figure 1.7: Schematic of MTT Recuperated Micro Gas Turbine

Figure 1.6: T-S Diagram of Ideal Brayton Cycle with Recuperation CHP System [11]

[10]

Compressor MTT CHP unit utilises an automotive turbocharger compressor to compress the atmospheric
air to a pressure ratio of 3. = 8.5 KW of power is supplied to the compressor in order to achieve the mentioned
work done on the fluid. The main components of the compressor are the unshrouded impeller, vaneless
diffuser and volute.

Recuperator In order to meet MTT CHP units’ thermal efficiency target [12], recuperator effectiveness must
be above 85% with an acceptable pressure loss of just 4%. Since primary-surface (PS) recuperator offer the
most favourable combination of effectiveness and specific weight, they are incorporated in MTT CHP unit.
The PS recuperator for MTT CHP unit is made out of stainless steel.

Turbine MTT CHP unit utilises an automotive turbocharger turbine to expand the gas from 3 bar total pres-
sure to atmospheric pressure. The current turbine design is capable of extracting = 15.0 KW of energy from
the working fluid. The main components of the turbine are volute, unshrouded turbine impeller and diffuser.
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Combustor Can type combustion chamber is utilised by MTT CHP unit to meet the energy requirements.
Meticulous design of the combustor resulted in stable combustion with low emission levels. The main com-
ponents of MTT combustor are the fuel injector, swirler, ignitor, combustor casing and liner. MTT strive
towards green energy resulted in developing advanced combustion techniques like Premixed combustion
with braided burner. The mentioned technique is still in R&D phase.

1.5. SIGNIFICANCE OF COMPRESSOR PERFORMANCE ON MTT MICRO CHP
UNIT

Extensive R&D on an automotive turbocharger for past seventy years has stalled the efficiency levels of com-

pressor and turbine. Nevertheless, improvement in micro gas turbine performance can be achieved by suit-

able modification of turbocharger technology, especially considering that turbochargers usually employ cen-

trifugal compressor with a vaneless diffuser to minimise production cost and maximise flow range, whereas

micro gas turbines require higher efficiency and pressure ratio for a confined operating range.

A cycle study of the MTT recuperated micro gas turbine was performed to determine the significance
of compressor performance on the system performance. The input data for modelling the components of
the CHP cycle were taken from the experimental results. It was observed that 1% increase in compressor
efficiency resulted in increasing the electrical efficiency by = 0.4%. Figure 1.8 and 1.9 shows the significance
of compressor efficiency on compressor pressure ratio and on the electrical efficiency of MTT CHP cycle.
In conclusion, increasing the performance of MTT compressor is indeed pivotal in increasing the overall
performance of the MTT CHP system.
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Figure 1.8: Variation in Compressor Total to Total Efficiency and
MTT CHP’s Electrical Efficiency with Respect to Compressor
Pressure Ratio

Figure 1.9: Variation in Electrical Efficiency with Respect to
Compressor Efficiency

1.6. THESIS OBJECTIVES

Compressor designed for automotive applications exhibits robust performance for different engine operating
conditions. Adopting such compressor for micro gas turbine applications mostly results in operating at off-
design conditions, thus reducing the performance of the compressor. Similar scenario is encountered with
centrifugal compressor studied in this work, since a turbocharger compressor is adopted for MTT recuperated
micro gas turbine. Thus, the objectives of this thesis are

1. To provide a better understanding of the compressor flow structure and loss mechanisms, allowing to
identify various design aspects whose improvement can lead to increase the compressor performance.

2. To develop an optimisation methodology, which allows investigating the significance of various geo-
metrical parameters of the compressor on its performance.

3. To analyse and quantify the influence of pre-whirl vanes on compressor performance.

4. To analyse and quantify the influence of vaned diffuser and the vane shape on the compressor perfor-
mance.

5. To recommend a cost effective option to increase the performance of the MTT Compressor.
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1.7. RESEARCH QUESTIONS

Based on the objectives that have been set for this work, it can be said that this thesis will provide the insight
on the important geometric parameters that can be optimised to improve the performance of the compressor
and also about the importance of pre-whirl and vaned diffuser on compressor performance. Therefore, the
research questions that will be answered by this thesis can be stated as follows:

* What are the important geometric parameters that need to be modified in order to enhance the perfor-
mance of the MTT Compressor?

* What is the cost effective option to enhance the performance of the MTT compressor?

1.8. THESIS OUTLINE

This thesis is structured as follows. Chapter (2) presents the methodology for a one-dimensional performance
prediction of centrifugal compressors, operating with fluids obeying to the ideal gas law. This approach se-
quentially evaluates the flow properties in the impeller, vaneless diffuser, and the vaned diffuser. It allows to
estimate the source of the losses within a compressor. The numerical results computed by this tool have been
validated against the experimental data provided by MTT. In Chapter (3) the optimisation of the impeller has
been performed by coupling a gradient-based algorithm and stochastic algorithm with 1-D performance pre-
diction tool. Chapter (4) presents the numerical study performed with a commercial CFD code which solves
the three-dimensional (3D) Reynolds-averaged Navier-Stokes (RANS) equations. Steady-state simulations
have been carried to approximate the real, time-dependent flow physics with satisfactory results and shorter
computational time. The results of the CFD computations have been validated against the experimental data
provided by MTT. Chapter (5) illustrates the influence of the vaned diffuser on the MTT compressor’s per-
formance. A brief description of the three main categories of vaned diffusers (i.e., Channel Diffuser, Airfoil
Shaped Vaned Diffuser and Low Solidity Vaned Diffuser) along with the most important design parameters
for the vaned diffuser follows. Finally, the numerical study performed with a commercial CFD code for MTT
compressor with vaned diffuser is presented.






MEAN LINE COMPRESSOR DESIGN

This chapter presents fundamental design and operation of micro gas turbine compressor along with the one-
dimensional methodology to determine its design and off-design performance. The followed methodology is
tailor-made for operating fluids obeying the ideal gas law. The methodology evaluates the flow properties and
estimates the source for entropy generation across compressor components namely, the unshrouded impeller,
the vaneless diffuser and the vaned diffuser.

2.1. CENTRIFUGAL COMPRESSORS

Centrifugal compressors produce a sufficiently large rise in pressure and density across each stage, hence are
used in situations where the specific speed (IVy) requirements are between 0.7 — 1 and the pressure rise is
high. The specific speed of the centrifugal compressor is calculated using Equation (2.1). Centrifugal com-
pressors are generally made of four different components namely, Stationary Inlet Casing, Rotating Impeller,
Stationary Diffuser and Volute. Occasionally inlet guide vanes are used to increase the operational range of
the compressor.

vV 1mip;

w
Specific Speed, Ns =
pecificSp =T o

Adiabatic Head,H,; = Cp(TOZ_TOI)

Inlet

Impeller

Figure 2.1: Main Components of Turbocharger Centrifugal Compressor [13]

The stationary inlet casing directs the flow axially into the impeller. The enthalpy of the working fluid is
increased due to difference in the blade speed and due to the deceleration of the relative velocity across the
impeller. At the impeller exit, the working fluid still contains a substantial amount of kinetic energy, which
can be recovered through diffusion process using either vaneless or vaned diffuser. A small amount of further
diffusion takes place across the volute. Figure (2.1) shows the main components of centrifugal compressor
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with inlet, impeller, vaneless diffuser and volute. The work done on the working fluid can be written in terms
of kinetic energy as shown in Equation (2.2). Equation (2.2) can also be written in terms of change is total
enthalpy as shown in Equation (2.3). Equating right hand side of Equation (2.2) and (2.3) results in Rothalpy
Equation (2.4), which remains constant across the compressor wheel.

1 1 1
w = E(VZZ—Vf) + E(UZZ—UIZ) + 5(WIZ—WZZ) (2.2)
1 2 2
w = h02 — hol = hz —h1 + E(Vz _Vl) (2.3)

1 1
hy + E(WE—UIZ) = hy + §(W§—U§) (2.4)

ht,s,3

ht,'r‘el,2

h3

ha
ht,'r‘el,l

h‘s,2

hRot,1 = hRot,2

hi 1

h1

Figure 2.2: Enthalpy Rise across a Compressor Stage

For centrifugal compressors, the term %(UZ2 - Ulz) in Equation (2.2) contributes primarily to the increase
in static enthalpy and pressure of working fluid. This is the primary reason for centrifugal compressors ex-
hibiting higher efficiency even in the case of poor aerodynamic behavior due to largely separated flow. The
steps in which enthalpy changes across the compressor is shown in Figure (2.2). The flow physics across the
compressor along with the factors affecting its performance will be discussed in Section (2.2) and (2.3).

2.2. FLow PHYSICS WITHIN THE IMPELLER

Due to the adverse pressure gradient, the flow field emerging across an impeller is very complex, three-
dimensional, and turbulent; all due to the influence of blade curvature and rotation. Figure (2.3) illustrates
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the flow physics observed in an unshrouded centrifugal compressor impeller. During the initial phase of cen-
trifugal compressor development, Dean [14] discussed the existence of jet and wake flow pattern between
two blades of the impeller. The unsteadiness observed downstream of the impeller and the constant pres-
sure across part of each passage near the shroud was the preliminary reason for such a conclusion from
Dean. Dean’s conclusion was backed by extensive laser anemometry measurements performed by Eckart
[15], though there was some inaccuracy in Dean’s model.
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Figure 2.3: Flow Physics Across Impeller [16]
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Figure 2.4: Velocity Measurements by Eckardt in a Centrifugal Compressor with no Backsweep [17]

Eckart measured flow velocities, directions, and fluctuations across impeller of a centrifugal compressor
running at a tip speed of 400m/s. Velocity measurements were taken at five different planes along the stream-
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wise direction of the impeller. The same is shown in the Figure (2.4). It can be observed that there is no
irregularity pattern at plane 1 and plane 2. At plane 3, flow irregularity commences and propagates towards
the hub, when flow continues towards plane 4. The separation grows and flattens as the flow continues to
the outlet plane 5. The flow separation from the shroud is not surprising due to the acceleration of the flow
along the convex surface and deceleration of the flow with separation along the concave surface. Varying
the shroud curvature radius smoothly is an important design criterion to delay the flow separation along the
shroud surface.

Secondary Flow The flow that is perpendicular to primary flow is termed as a secondary flow. In a cen-
trifugal impeller, the meridional plane curvature and blade to blade curvature produces secondary flows.
Secondary flow moves low stagnation fluid to regions where static pressure is low. Low stagnation fluids are
those in boundary layers or in regions of a wake.

STATION 5

[ 095 \

Press.re Hub Suction Pressure Hub Suction

surface surface surface surface
STATION 2 Design flow

- ;
STATION 1 85% of design flow

Shroud (approx. zero incidence)
L -

\ Inertial Force

&

. |
- “Axis OF

ey ROTATION Coriolis Force Pressure Hub Suction

4 surface surface

121% of design flow

Figure 2.5: Impeller Passage with
Measurement Planes [18] Figure 2.6: Influence of Rossby Number on Secondary Flow Motion at Station 5 shown in

Figure (2.5) [18]

For a centrifugal compressor, the movement of secondary flows can be better predicted using Rossby
number. Rossby number is the ratio of inertial force to Coriolis force. In the case of a high Rossby number,
secondary flows are drawn towards the shroud due to the domination of the inertial term. When the Rossby
number is low, Coriolis term domination leads to the motion of the secondary flows towards the suction
surface of the impeller blade. The influence of Rossby number on motion of wake can be seen in Figure (2.6).
The wake is located at the suction surface at 85% of the design flow due to the domination of Coriolis force
whereas for 121% of the design flow the wake is located on the shroud due to the domination of the inertial
force.

Boundary Layer Stability The flow over curved surface affects the stability of the flow, leading to a transi-
tion from laminar to turbulent boundary layer structure. The flow over the impeller blades produces an effect
analogous to the effect of flow over the curved wall. Stable and unstable flow over the curved wall and the
rotational system are shown in Figure (2.7). In the case of centrifugal impeller, all four cases are present [19].
The effect of rotation stabilizes the flow over the suction surface; suppresses the turbulence in the boundary
layer and reduces the ability to resist deceleration. Similar behavior can be observed for flows over the con-
vex wall, such as the shroud. It can be observed in Figure (2.3), separation begins on the shroud, thus the
meticulous design of shroud will result in achieving the flow stability. Nevertheless, flow separation is likely
for flows over the curved wall and over the suction surface of the rotational system due to the stabilization of
turbulence in the boundary layer.

Viscous Effects The term viscous effects represents the shear stress generated due to turbulence. Viscous
effects have three major influences on the flow over a compressor. They are,

1. Viscous effects put a limit on the pressure rise achieved in a compressor. Attempts to exceed this limit
leads to a flow instability and the rotating surge or stall.



2.3. FLow PHYSICS ACROSS DIFFUSER 13

2. Viscous effects lead to blockage, reduction in effective flow area in the compressor. Blockage affects the
work input on fluid and has an enormous effect on the mass flow capacity.

3. Viscous effects in shear layers are primarily responsible for loss generation apart from losses generated
due to shock waves.
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Figure 2.7: Types of flow over a curved wall and over a rotating Figure 2.8: Schematic of compressor with vaneless diffuser
system [19]

2.3. FLOW PHYSICS ACROSS DIFFUSER

Flow leaves the impeller of the centrifugal compressor with a high absolute velocity and at large angle with
respect to radial direction. This flow needs to be decelerated in order to achieve a reasonable static pressure
rise and Total-to-Static efficiency of the compressor, and this is the role of the diffuser. There are broadly two
types of diffusers, namely the vaneless diffuser and the vaned diffuser.
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Figure 2.9: Variation of static pressure recovery for a vaneless Figure 2.10: Schematic of compressor with vaned diffuser

diffuser [20]

2.3.1. FLOw PHYSICS ACROSS VANELESS DIFFUSER

The vaneless diffusers are used for applications where wide operating range or low cost are of prime concern.
Although the design of vaneless diffuser is simple, the aerodynamic behavior is complicated due to the influ-
ence of viscous stresses along the long flow path between inlet and outlet. The geometrical variables required
to design a vaneless diffuser are diameter ratios from the inlet to outlet and ratio of inlet axial width to the
inlet diameter. In the case of a variable width diffuser, an additional ratio or angle is required. A schematic of
compressor with vaneless diffuser is shown in Figure (2.8).

Decreasing the axial width of the diffuser from the inlet to outlet has a direct effect on the radial velocity
and indirect effect on the tangential velocity. The radial velocity decreases more slowly than the tangential
velocity resulting in reducing the absolute flow angle across the diffuser. The reduction in absolute flow angle
reduces the distance traveled by flow path from the inlet to the outlet. The losses in the vaneless diffuser are
reduced due to the shorter flow path. Nevertheless, a major drawback for contracting diffuser is the increased
frictional effects at walls.

The performance of the vaneless diffuser falls off as the absolute Mach number at the inlet is increased.
Increasing the absolute Mach number at the diffuser inlet increases the inlet flow angle with respect to radial
direction, thus increasing the distance traced by the flow path from the inlet to the outlet. Rogers (1980) shows
that increasing the impeller exit Mach number U,/ag1 from 0.65 to 1.01, decreases the pressure coefficient
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across diffuser by 0.1. Figure (2.9) summarizes the variation in static pressure recovery for a vaneless diffuser
with respect to inlet Vgo/ Vy,, for different width to diameter ratio.

The static pressure across the vaneless diffuser continues to increase, as the diameter ratio of the vaneless
diffuser increases but at a progressively slower rate. The total pressure across the vaneless diffuser continues
to fall with increased diameter ratio, due to losses. Thus it is preferable to limit the diameter ratio to a value
less than two and attempt to achieve the additional pressure rise through the use of the volute.

2.3.2. FLOW PHYSICS ACROSS VANED DIFFUSER

The vaned diffuser is used for applications where compressor efficiency is of prime concern. Vaned diffuser
increases the efficiency of the compressor at the expense of reduced operating range. The addition of vanes
in vaneless diffuser reduces the unsteadiness in the flow due to rapid mixing, which results in increased com-
pressor performance. Vaned diffusers can be categorized for instance with solidity (Conventional Vaned Dif-
fuser - CVD, Low Solidity Vaned Diffuser - LSVD ) or with vane profile (circular arc or flat plate). Different fac-
tors affecting the operating range of the compressor and vaned diffuser performance will be discussed in this
Section. Figure (2.10) shows the schematic of conventional vaned diffuser with vaneless and semi-vaneless
space.

Vaneless Space Vaneless space is the radial gap between the impeller and the diffuser. A vaneless space
ratio (r3/r2) of 1.05 has to be maintained in order to reduce compressors’ vibrations and noise generation.
Maintaining a radius ratio of 1.05 also assists in reducing the overall size of the machine. Nevertheless, for
compressors with the supersonic flow at impeller exit, the vaneless space ratio is usually increased so that
the flow is subsonic at the leading edge of the vane. Increasing the vaneless space ratio beyond 1.25 is not
recommended because the vaneless diffusion process is less efficient.
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Figure 2.11: Mean static pressure contours in a vaned diffuser
(Normalized by pU22) [21]
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Figure 2.12: Overall Stagnation PR for Same Impeller
Operating with Vaned Diffuser of Different Axial Width [22]

Semi-Vaneless Space Semi-vaneless space is the space between the leading edge of the vane and the throat
of the vaned diffuser. The unsteadiness in the flow from impeller tip is removed from the semi-vaneless space
due to mixing, thus causing a rapid increase in static pressure as shown in Figure (2.11). Semi-vaneless space
also plays a significant role in generating losses and creation of blockage. A high pressure rise upstream of
the diffuser throat gives high blockage, resulting in reduced pressure recovery downstream as shown in Figure
(2.11).

Thus from above discussion, we can conclude that the single most important step in the design of vaned
diffuser is the correct prediction of the throat area for a given impeller design. This design step is termed as
component matching, i.e., matching the flow coefficient at the inlet of the vaned diffuser to the flow coeffi-
cient at the exit of the impeller.
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Component Matching The rise in pressure and density across an impeller is sufficiently large that it has to
be considered during the design of vaned diffuser, else a serious loss in vaned diffuser’s pressure recovery,
flow capacity, and efficiency is inevitable. Under-prediction of impeller exit pressure and density will result
in designing a vaned diffuser with a larger throat area and with vanes inclined at a smaller angle to radial
than in an actual case. This mismatch in design might lead to a stall in vanes. For a matched vaned diffuser,
a similar trend is observed when the compressor operates at mass flow rates lower than its design mass flow
rate as shown in Figure (2.12). The mentioned design and trend is reversed (choking), when flow parameters
at the impeller exit are over predicted.

2.4. MEANLINE MODEL FOR CENTRIFUGAL COMPRESSORS

Three-Dimensional (3D) computational fluid dynamic (CFD) codes are capable of analyzing the flow through
the centrifugal compressor in great detail. It can be imagined that the need for mean line performance pre-
diction methods can be superseded due to the advancement and sophistication of CFD codes. Nevertheless,
incorporating CFD techniques during preliminary design phase will be cumbersome. Thus, meanline meth-
ods continues to play a vital role is design and application of centrifugal compressor.

For the current work, development of a meanline tool will assist in determining the design flaws of existing
MTT compressor. The meanline tool can also be utilized for optimizing the performance of the compressor.
The description of the meanline tool developed in this project is given hereinafter.

2.4.1. MEANLINE IMPELLER PERFORMANCE ESTIMATION
The impeller is the most critical and geometrically complex component of the centrifugal compressor. A
rotating impeller imparts energy to working fluid resulting in increasing its pressure, velocity, and enthalpy.
Section (2.2) described the flow physics and the losses encountered by impeller during operation. In order
to capture the performance of the impeller in close accordance with experiment results, 16 non-dimensional
losses were computed as a function of the geometrical dimensions, relative velocities and Reynolds number.
The losses occurred across the blade passage are imposed at the impeller tip. This leads to a deteriora-
tion in prediction accuracy, as this approach is strictly correct only for incompressible flows. Nevertheless,
reasonable prediction accuracy can be achieved by incorporating a head loss multiplying factor f; (Equation
(2.6) [23]), while calculating losses across impeller. The adiabatic head coefficient of the centrifugal compres-
sor is defined as the ratio of the amount of energy required to elevate the pressure of the working fluid to the
square of the blade speed at the impeller tip. The adiabatic head coefficient at impeller tip is given as,

p=1Iy - feZAq @5

2T,  2(Py, — P1)

Head loss correction factor, fo= —; y 5 (2.6)
Ty + T, ;W
CALCULATION OF THE IMPELLER WORK INPUT
The general form of impeller work input equation is written as,
(WIneg) =AHIUz = Ig + Ipp + I + Iy 2.7

The Ip represents the contribution of work input from blades. The right-hand terms namely, windage and
disk friction (IpF), seal leakage (1), and recirculation (Ir) are the losses which have to be compensated by
the work input term (Ip) to achieve required pressure rise across the impeller.

The blade work input coefficient can be written as

Ig=0 (1 — A2 cotfa) — UCy1 /U2 (2.8)

Where ¢, = mi1/(p2A2U>), o is slip factor and A is impeller tip distortion factor, shown in Equation (2.9)
and (2.10) respectively.
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Figure 2.13: Streamlines pattern in an impeller for inviscid flow: (a) fully attached flow, no backsweep; (b) separated flow, no
backsweep; (c) separated flow, with backsweep [24]

Slip Factor Due to the rotation of the impeller, the pressure is higher on the pressure side of the blade
and lower on the suction side. Nevertheless, to satisfy the Kutta-Joukowsky condition the pressure difference
must be zero at the trailing edge. To satisfy this condition, reduction in pressure differences has to be gradual,
beginning somewhere upstream of the trailing edge. Since there is no longer sufficient force available at the
suction surface of the trailing edge, the average force is turned back to give a slip velocity in the opposite
sense to the impeller rotation. This phenomenon is termed as the slip. Slip is fundamentally an inviscid
flow effect and can be calculated using inviscid methods for blade-to-blade flow. Wiesner expression for slip
factor, Equation (2.9), gave the most satisfactory agreement and in absence of anything better, this is the best
expression to use [19]. Figure (2.13) shows the streamline pattern for attached flow; separated flow without
back sweep; separated flow with a back sweep in an impeller.

=1 n 2.9
o=1- N(cosﬁg) (2.9

Impeller Distortion Factor The impeller distortion factor (1) is a key parameter in the blade input equation.
Literature from Aungier offers specific empirical relation (Equation (2.10) [23]) to estimate this parameter.

1
= —(1 ) (2.10)
- b2

Impeller Blockage Factor As explained in Section (2.2), Blockage in impeller plays a significant role in re-
ducing the work input on the fluid. Meticulous formulation of blockage factor is necessary to estimate this
parameter in close agreement with experimental results. Aungier formulated an empirical relation for im-
peller blockage factor, Equation ((2.11)[23]).

by Agibe | ser
121 vlg  2b

UZ
Ba = (Agsr + AqHS)sz + [0.3 + @.11)
2

Passage area ratio Ap is defined as,

_ Ag sin ﬂz

Ap=—2""""
R Ay sinfn

(2.12)

Impeller Disk Friction Literature from Daily and Nece [25] [26] are the best available sources for estimating
windage and disk friction losses. The considered four are for different flow regimes, namely:

Laminar, merged boundary layer The disk torque coefficient for this regime can be calculated using
Equation (2.13) [27]

27

~ s/1Re *19)

Cwmn
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Laminar, separated boundarylayer The disk friction coefficient for this regime can be calculated using
equation (2.14) [27]

3.7(s/7)0!
Cpypp= ——— 2.14
M2 JRe ( )

Turbulent, merged boundary layer The disk friction coefficient for this regime can be calculated using
equation (2.15) [27]

0.08

= 2.15
(S/r)1/6R61/4 ( )

Cm3

Turbulent, separated boundarylayer The disk friction coefficient for this regime can be calculated us-
ing equation (2.16) [27]

~0.102(s/r)!

Re02 (2.16)

Ma

The largest of all four torque coefficients corresponds to the correct flow regime encountered in the im-

peller. Re is the Reynolds number defined by Re = (owr?)/ . Aungier applied empirical corrections to these

ideal disk torque coefficients for centrifugal compressor impeller. Denoting the torque coefficient calculated

by Daily and Nece as Cy0, the corrected value is given by Equation 2.17. Aungier observed that Equation

(2.17) [23], resulted in very accurate work input predictions even for ultra low flow coefficient stages where
leakage, windage and disk friction play a very dominant role.

Cor = g L= K (2.17)

M = “MO (1 — K0)2 .
K = Ko + C4(1.75Kg — 0.316)r2/s (2.18)
o 046 219)

7 1+ 2s/d '

i (praUz /)’
c, = JtereBeliy (2.20)
2npryUs

The torque is calculated for each side of the disk. The disk and cover side values are adjusted with a
constant 0.8, which is an "experience factor" selected from numerous experimental stage work input curves
[23].

Cymp =0.8Cy (2.21)

L[l — (dys!do)®
Cyve = 0.8CMM (2.22)
r2 —n

The power consumed due to disk friction and windage can be calculated using Equation (2.23) [23]. Cpc

is zero for open impellers assuming half of the clearance gap leakage flow is re-energized by the impeller after
re-entraining into the blade passage flow.

(Cyvp + Cyc)p2Usr?
Ipp = MD A/'IC p2U2r, (2.23)
2m
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Impeller Seal Leakage Prediction of work input for impeller requires consideration of seal leakage loss. The
leakage loss for unshrouded impeller can be calculated using Equation (2.24) [23].

tier U
I = —CL=CL (2.24)
2U2m

Leakage mass flow rate ric; and Leakage velocity Uy, can be calculated using Equation (2.25) and (2.26)
respectively [23].

mcr =pzsLUct, (2.25)

Ucr =0.816v/(2APcL/p2) (2.26)

The average pressure difference across the gap (AP¢y) can be calculated using Equation (2.27). Average
radius across impeller (7) and average blade height across impeller (b) can be calculated from Equation (2.28)
and (2.29) respectively [23].

m(r2Cyz — 11Cy1)

APcp = , 2.27
cL zrbL ( )
po mtr) (2.28)

2
b= (hz;bﬂ (2.29)

Impeller Recirculation Few impellers exhibit pronounced decrease in work input at low mass flow rates,
this sort of behaviour is believed to be associated with recirculation of flow back into the impeller tip. Dif-
fusion factor is calculated using Equation (2.30). The average blade loading difference is calculated using
Equation (2.32). Lieblein [28] observed that blade stall occurs for impellers with diffusion factor greater than
2. Thus, a recirculation loss is calculated for impellers with diffusion factor above 2 using Equation (2.33) [23].

Wmax
Doy = 2.30
eq A (2.30)
Winax = (Wi + Wo + AW) /2 (2.31)
2ndyusl
ZLB
Ig=(Degl2 — D[Wy2/Cmz — 2 cot ] (2.33)

CALCULATION OF THE IMPELLER INTERNAL LOSSES

Meticulous modeling of impeller internal losses is necessary to predict the performance of centrifugal com-
pressor in close agreement with the experimental results. Ten losses that affect the performance of the im-
peller have been discussed in this section.

IncidenceLoss Incidence loss can be calculated for hub, mean and shroud using (Equation (2.34) [23]). The
overall incidence loss is combined using the weighted average of losses at the hub, shroud and mean surface.
The mean surface is weighted ten times as high as the hub and shroud values.

sin By
2
UZ

o=

AGinc=0.4 (2.34)
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Entrance Diffusion Loss The flow adjustment from leading edge to throat has a significant effect on the
performance of the impeller. An entrance diffusion loss is computed using Equation (2.35) [23] to address
this phenomenon.

2
Agop =04 Win)”
qpir = 0. 5 —Adqinc (2.35)
UZ
Cr
Win = — (2.36)
sin Bin

ChokingLoss The blockage in the impeller contracts the impeller throat area resulting in choking. As chok-
ing occurs at any radius, the streamlines are forced into regions of higher or lower radii where the throats has
not choked. The losses associated due to the mentioned behaviour can be modeled using Equation (2.39)
[23]. The contraction ratio of the impeller throat due to the blockage can be calculated using Equation (2.37)
[23].

_ Alsin,ﬁl

C, ™ (2.37)
A*
=10(1.1- —% 2.
X 0( rAth) 2.38)
Wi)2(0.05x + x7
Agcn = (. ) ( ) (2.39)

2

Shock Loss Formation of shock on the impeller results in boundary layer separation, forming a huge wake
downstream of the shock. The losses encountered due to the formation of shock can be modeled using Equa-
tion (2.40) [29].

Wip )2 2 [ P\ (55 ]
Agsp=1-|—| — ———||—=— -1 (2.40)
sh ( w; ) (y - DM?, ( P, )

Skin Friction Loss The loss generated due to the flow of viscous fluid over the impeller surface is termed as
skin friction loss or wall friction loss. This loss can be modelled using Equation ((2.41) [23]).

_ N2
w
20]‘(72) Lg
Agsp = ——2— (2.41)
du
o WE+WE
W= — 5 (2.42)

Skin Friction Coefficient Skin friction coefficients are correlated as a function of Reynolds number (Re).
Reynolds Number for an impeller can be calculated using Equation (2.43).
_ pWdg

I

where dy represents the Hydraulic diameter of the impeller, which can be calculated using Equation (2.44
[30]).

Re (2.43)

%COS (Hml)(D%shroud B D%hub) ﬂnggCOS(Qz)

~ 7c0s (0m1)(D11ip + Dijpup) + 22(D1sip — Dijup) ~ wD2c0s(62) + zba

(2.44)

Two well-defined models are used to determine the skin friction coefficient. For Re < 2000, Equation
(2.45) is used to calculate the skin friction coefficient as the flow is laminar. For Re > 2000, Equation (2.46) is
used to calculate the skin friction coefficient as the flow is turbulent [27].
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cr= 16/Re (2.45)

1
\/4Cf

¢ ] (2.46)
3.71d )

=-21logo [
Blade Loading Loss The blade-to-blade pressure gradient produces secondary flows, which potentially
leads to a stall. This loss phenomenon is termed as Blade loading loss, which can be determined using Equa-
tion (2.47) [23].

AW)2

Aqgpr = (2.47)

Uz
48

Hub to Shroud Loading Loss The losses associated due to pressure gradient along hub to shroud direction
can be determined using Equation (2.48) [23].

()
Aqps = ~— 2.48
qus D (2.48)
fo= de2” Gl (2.49)
L
poni-be (2.50)
2
= Wi+ W,
W= 2.51)

Discharge Profile Distortion Loss The losses associated due to mixing of distorted meridional velocities
can be evaluated using Equation (2.52) [23].

Agy =051 —1)%¢p3 (2.52)

Clearance Loss The leakage of flows from compressor exit through the clearance gaps between impeller
disk and shaft is accounted using Equation (2.53). The pressure difference across the gap (APcr) and the
clearance gap leakage mass flow rate (ri1cy) is calculated using Equation (2.27) and (2.25) respectively [23].

mcrAPcyr

(2.53)
mpU2

AqcL=

Wake Mixing Loss The losses associated due to the mixing of free stream flow with blade wake flow is
termed as wake mixing loss. Wake mixing loss is calculated using Equation (2.54) [23].

Wsgp —Wour) 12
Agurx = 0.5[%] (2.54)

If D4 is greater than two, flow separation will occur inside the blade passage, thus free stream velocity
can be Wggp is calculated using Equation (2.56).

WoD
Wsgp = ——25 Dy > 2 (2.56)
Cm2A272
2 _ m. 2
WOUT—[”deZ] + W2 (2.57)
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2.4.2. MEANLINE VANELESS DIFFUSER PERFORMANCE ESTIMATION

The vaneless diffuser is the simplest component in a centrifugal compressor, where the working fluid is de-
celerated to gain static pressure. The non-dimensional loss parameters for the vaneless diffuser is converted
into total pressure loss using Equation (2.58) [29].

APy3 = (Po2 — P2)ZAq (2.58)

The actual total pressure at vaneless diffuser exit is the difference between the ideal total pressure at vane-
less diffuser exit and the total pressure loss. The actual total pressure at the vaneless diffuser exit is calculated
using Equation (2.59).

Posactual = Posideal — APo3 (2.59)

Skin Friction Loss Losses associated due to skin friction in vaneless diffuser is determined using Equation
(2.60) [27].
C\2(rs—r

) Us=r) (2.60)

Aqsp=dep[—
st Cf(Cz du

C is the average absolute velocity across vaneless diffuser and is calculated using Equation (2.61). Hy-
draulic diameter for vaneless diffuser is determined using Equation (2.62).

. C? 43
C=22" (2.61)
2
21’2 21’3
dy =05|—=+=—= 2.62
H (b2 b3) (2.62)

Diffusion Loss The losses during diffusion process can be estimated using Equation (2.63) [29]. This equa-
tion utilizes a correlation for momentum thickness with diffusion ratio as the driving parameter.

M) (2.63)

Aday =-201-B)( G

E is the diffusion efficiency which can be calculated using Equation (2.64) [27]. D, is Equation (2.64) is
the divergence parameter is an empirical factor, derived from comparison between predicted and measured
loss data for various compressor stages.

E=1,D<0
E=1-020D/Dy%0< D < Dy,

E = 0.8y/(Dp/D); D = D,
(2.64)
r2by
(P -1)
D = bg(L)
L
Dy, = 0.4(by/1L)°®sin ay

2.4.3. MEANLINE VANED DIFFUSER PERFORMANCE ESTIMATION

The losses in the vaned diffuser can be categorized as losses in vaneless space and losses in vaned space.
The losses in vaneless space can be predicted using equations mentioned in Paragraph (2.4.2). The non-
dimensional loss parameters are converted into total pressure loss as described mathematically using (Equa-
tion (2.65) [29]). The inlet conditions to vaned diffuser are equal to the actual exit conditions of vaneless
space.

APyy = (Po3 — P3)ZAq (2.65)
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Skin Friction Loss Losses due to friction of viscous fluid across vaned diffuser can be estimated using
(Equation (2.66) [29]). 28/dy is the boundary layer approximation which can be calculated using Equation
(2.67) [27].

B C\2 Lgldy
26 _ 5.1420fLB (2.67)

dy dy
Blockage Loss Losses due to blockage for a vaned diffuser can be evaluated using Equation (2.68) [27].

Afex =

A=Der ]2 (2.68)

Cy

Wake Mixing Loss The losses associated due to mixing of wake from vanes with main stream flow can be
estimated using Equation (2.69) [27].

Comp = —3
SEP = 132G
Cg = 20./11.0
Cin,wake = \/(CEEP - C2U4) (2.69)
AgCma
C e = —
mmix 27 ra b4
A = Cm,wake - Cm,mix 2
mix —C3
2.5. OVERALL STAGE PREDICTIONS
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Figure 2.14: Meridional View of the Centrifugal Compressor

The analysis begins with the definition of the ambient conditions and the geometrical parameters of each
compressor component. Turbomachinery relations were used to determine the ideal flow properties across
the impeller. The actual flow properties across the impeller are determined by estimating the losses across
the impeller, which are then fixed as the inlet conditions for the vaneless diffuser. Conservation of mass;
momentum and energy, the equation of state are solved to determine the ideal flow properties across the
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vaneless and the vaned diffuser. Evaluating losses across the vaneless and the vaned diffuser will assist in
determining the actual flow properties across these components. Section (2.5.1), (2.5.2), and (2.5.3) will elab-
orate the overall stage prediction method in detail. Figure (2.14) shows the meridional view of the centrifugal
compressor along with the labels for various stations. Figure (2.15) illustrates the schematic of procedures
followed to predict the overall stage performance of the MTT compressor.

Start

y

/ User Input — Table (2.1) /

Flow Velocities At Impeller Inlet

/ Per formance /
y

A
Flow Velocities At Impeller Exit (Ideal) Yes

End

y

Flow Properties At Impeller Exit (Ideal) Mass Balance? Actual Flow Velocities At Dif fuser Exit

N

Impeller Work Input (Ideal)

Actual Flow Properties At Dif fuser Exit

N
y

Losses Across Impeller Losses Across Dif fuser

A

No

Actual Flow Properties At Impeller Exit

Flow Velocities Across Dif fuser (Ideal)

N

Actual Flow Velocities At Impeller Exit Mass Balance? Flow Properties Across Dif fuser (Ideal)

Figure 2.15: Flow Chart of the Compressor Performance Analysis

2.5.1. IMPELLER MODEL

The performance prediction of the impeller begins with the definition of the total flow properties at the inlet
of the impeller and the geometrical parameters of the impeller. Table (2.1) illustrates the total flow properties
at the inlet and the geometrical parameters of MTT impeller to evaluate its performance. The Static flow
properties at the inlet (station - 1) of the impeller are then determined by solving the equation of state (2.70),
continuity equation (2.71), and stagnation enthalpy equation (2.72) in an iterative fashion until convergence
is achieved.

Py =p1RTh (2.70)

1y = p1A1Cm1 (2.71)
CZ

H01 = hl + Tnﬂ (2.72)

The flow and blade velocities at the inlet (station - 1) of the impeller (i.e., the inducer), are determined
using turbomachinery relations derived from velocity triangles. Turbomachinery relations derived from H-S
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diagram (2.2) are evaluated to determine the ideal flow properties at the outlet (station - 2) of the impeller.
Equations illustrated under Section (2.4.1) are utilized to determine the actual flow properties and the geo-
metrical parameters at the outlet of the impeller.

Table 2.1: Flow Properties and Geometrical Parameters used to predict MTT impeller performance

Flow Properties and Geometrical Parameters Value Units

Total Temperature, To; 296.4 K]
Total Pressure, Py; 0.96 [bar]
Mass Flow Rate, rm; 0.055  [kg/s]
Radius at Inducer Hub, ry j,p 4.5 [mm]
Radius at Inducer Shroud 7y sproud 129 [mm]
Impeller Shroud Clearance 0.0 [mm)]

Rotations per Minute, RPM 24¢* [-]
Pre-Whirl Angle at Inducer Hub 0.01 [deg]
Pre-Whirl Angle at Inducer Mid 0.01 [deg]
Pre-Whirl Angle at Inducer Shroud 0.01 [deg]
Impeller Back Sweep Angle, 43.0 [deg]
Impeller Tip Radius, r» 18.5 [deg]
Vaneless Diffuser Exit Radius, r3 35.23 [mm]

Number of Blades, z 12 [-1
Length of Impeller, Lp 21 [mm]
Clearance between Impeller and Diffuser, s 0.5 [mm]
Roughness le 2 [mm)]
Impeller Blade Thickness At Eye 0.5 [mm]
Impeller Blade Thickness At Exit 0.5 [mm]
Inducer Inlet Angle at Hub, 81, pup 45.5 [deg]
Inducer Inlet Angle at Mid, 1, jnia 55 [deg]
Inducer Inlet Angle at Tip, By, +ip 64.5 [deg]

2.5.2. VANELESS DIFFUSER MODEL

The performance prediction for vaneless diffuser commences after predicting the actual flow properties at
the outlet of the impeller. Due to the simplicity of the vaneless diffuser design, radius (r3) and axial width (b3)
are the only geometrical parameter required to evaluate its performance. However for some diffusers the axial
width is varied radially. In that case an additional angle is required to design the vaneless diffuser. For the
MTT compressor, the vaneless diffuser axial width at the outlet (b3) is not equal to the axial width at the inlet
(b2), due to a pinch. For simplicity, pinch is not considered for one-dimensional performance analysis. The
geometrical parameter used to evaluate vaneless diffuser performance is shown in Table (2.1). Conservation
of angular momentum (2.73); mass (2.74); stagnation enthalpy (2.75), the equation of state (2.70), and the
isentropic relation (2.76) are utilized to determine the ideal flow properties at the outlet (station - 3) of the
diffuser. The actual flow properties at the outlet (station - 3) of the vaneless diffuser are then determined by
predicting losses using equations mentioned under Section (2.4.2).

12Cp2 = 13C03 (2.73)
p2A2Cm2 = p3A3Cps (2.74)
Tos _ [pos )i (2.76)
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2.5.3. VANED DIFFUSER MODEL

The evaluation of throat area at the vaned diffuser inlet is the single most important step while designing the
vaned diffuser, as mentioned in Section (2.3.2). Equation (2.77), (2.78) and (2.79) [31] are utilized to determine
the throat area (A})) at the vaned diffuser inlet.

(y+1)
N yY=11Dy12 2 | 20-D
ol = 1 Al [“‘T[D_;] M, 2.77)
20 ) 250 .
=)
1A [re-namz, |
n= 3oz TS (2.78)
u2 o [(Y—l)/Z] 2(y-1)
i =4 (2.79)
bn=Pn )

The ideal and actual flow properties at the outlet (station - 4) of the vaned diffuser can be evaluated using
equations mentioned under Section (2.5.2) and (2.4.3) respectively.

2.6. MODEL VERIFICATION AND VALIDATION

This section shows the numerical results of the MTT centrifugal compressor computed using one-dimensi-
onal performance analysis tool. The geometrical details of the compressor along with the inlet flow con-
ditions can be found in Table (2.1). The performance of the MTT compressor is calculated for RPM varying
from 220k up to 240k. RPM 220k is the best efficiency point and RPM 240k is the current operating point of the
MTT compressor. Later, the one-dimensional results of MTT compressor are validated against the existing
experimental results to determine the accuracy of the one-dimensional performance analysis tool. Finally,
The significance of the pre-whirl and the vaned diffuser on the performance of the compressor is presented
in this section.

100 e Clearance Loss
e Disk Friction Loss
 — Incidence Loss

95 |- \ -1 |——  Chocking and Expansion Loss

o Loading Loss
o ---- Impeller Skin Friction Loss
= a0 R e T S 1---- Wake Mixing Loss
___'"““---——-___:::: ~~~~ ----Vaneless Diffuser Skin Friction Loss
g5| T TTTTTeeeeeeel T | |---- Vaneless Diffuser Diffusion Loss
e .
| | | | |
2.2 2.25 2.3 2.35 2.4

Figure 2.16: Performance of MTT Compressor for different RPM varying from 220k up to 240k

Performance of MTT Compressor The Total-to-Total efficiency of MTT compressor along with the losses
are plotted for RPM varying from 220k up to 240k as shown in Figure (2.16). It can be observed that the
impeller skin friction loss plays a dominant role in reducing compressor’s performance followed with vaneless
diffusion loss, vaneless skin friction loss, and incidence loss. Reduction in impeller’s skin friction loss can be
achieved by reducing the mean streamline length of the impeller. As discussed in Section (2.3.2), an increase
in compressor efficiency can be achieved by incorporating a vaned diffuser instead of a vaneless diffuser at
the expense of restriction in operating range. The significance of vaned diffuser on compressor’s performance
with respect to vaneless diffuser will be evaluated later in this section.
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Figure 2.17: Velocity Triangles at impeller inlet for 220k and 240k RPM

The contribution of incidence loss in reducing compressor’s performance at 220k RPM is lower when
compared to 240k RPM. This scenario can be better understood from velocity triangles at impeller inlet for
220k and 240k RPM, as shown in Figure (2.17). Increase in RPM results in increasing the relative flow an-
gle at the impeller inlet (f,), causing more incidence losses. In general, incidence losses occur when the
compressor operates at off-design conditions, whereas for MTT compressor the contribution of losses due
to incidence is significant at the design point. The primary reason for such a behaviour is due to the fact
that MTT compressor uses an off the shelf impeller design. Improvement in performance can be achieved by
incorporating inlet guide vanes at the compressor inlet. The flow physics of the inlet guide vanes and their
significance on the performance of the MTT compressor will be discussed later in this section. All the other
losses play a minor role in reducing the performance of the compressor. Nevertheless, the magnitude change
of these losses for an optimised impeller will be evaluated in Chapter (3).
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Figure 2.18: Comparison of the Stage Total-to-Total Pressure Ratio between Experimental and Numerical Results at 220k, 230k, and
240k rpm for Two different Impeller Design with and without Pre-Whirl

Model Validation Figure (2.18) and (2.19), shows the comparison of Total-to-Total pressure ratio and Total
exit temperature between the experimental and numerical results, at 220k, 230k and 240k for two different
impellers without pre-whirl and for one impeller with and without pre-whirl. The experimental results were
obtained from MTT. The meridional shape of two impellers used for the analysis is shown in Figure (2.20).
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Figure 2.19: Comparison of the Stage Exit Total Temperature between Experimental and Numerical Results at 220k, 230k, and 240k rpm
for Two different Impeller Design with and without Pre-Whirl
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Figure 2.20: Meridional Shape of Impellers used for Experimental and Numerical Analysis

Table 2.2: Inlet Flow Properties at which Numerical and Experimental Results were Performed for two impeller without pre-whirl and
for one impeller with pre-whirl

Without Pre-Whirl = With Pre-Whirl (37[mm])

37[mm] 38[mm] 14 [deg] 16 [deg] Units
Total Pressure 0.98 0.99 1.017 1.017 [bar]
Total Temperature 296 297 303 303 K]

The inlet flow properties at which these experiments were performed is listed in Table (2.2). The numer-
ical results were computed using one-dimensional model described under this Chapter. It can be observed
that the one-dimensional performance prediction tool marginally over predicts pressure ratio when com-
pared to experimental results. The maximum percentage difference in estimation of the pressure ratio in
comparison to experimental results is = 5%. The maximum percentage difference in estimation of the exit



28 2. MEAN LINE COMPRESSOR DESIGN

total temperature in comparison to experimental results is = 3%. It is important to mention that the exper-
imental data has be obtained for the complete turbocharger compressor, whereas the 1D analysis and 3D
analysis compromises of the impeller and the diffuser only. The volute has not been modelled for 1D and
3D analysis. The inclusion of volute in the performance prediction tool might further narrow the difference
between the actual and the predicted values.

Effect of Inlet Guide Vanes on Compressor Performance The inlet guide vanes provide tangential veloc-
ity to the flow at the inlet resulting in either increasing or decreasing the inlet relative velocity. Providing a
positive absolute tangential velocity (absolute tangential velocity along the direction of rotation) using inlet
guide vanes is termed as positive pre-whirl. Negative pre-whirl produces an absolute tangential velocity in a
direction opposite to that of the impeller’s rotation. The variation in velocity triangles at the inlet of impeller
hub due to positive and negative pre-whirl is shown in Figure (2.21). It can be observed that producing posi-
tive pre-whirl at the inlet of the impeller results in reducing relative flow angle at the inlet. This will increase
the performance of the compressor by reducing losses due to incidence. On contrary, producing negative
pre-whirl at the inlet of impeller increases the relative flow angle at the inlet. This may further deteriorate the
performance of the compressor and might also lead to a stall.
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Figure 2.21: Velocity Triangle at Impeller Hub with a Positive and Figure 2.22: Variation in Total-to-Total Efficiency of MTT
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Figure 2.23: H-S Diagram of an Ideal MTT Compressor with and Figure 2.24: Variation in Total-to-Total Pressure Ratio of MTT
without Pre-Whirl Compressor with Positive Pre-Whirl at 240k RPM

The performance of MTT compressor operating at 240k RPM is analysed by providing a positive pre-
whirl at impeller inlet. Figure (2.22) illustrate the change in Total-to-Total efficiency of MTT compressor
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while varying pre-while from 0 to 30 [deg]. = 5% gain in Total-to-Total efficiency can be achieved for MTT
compressor if a pre-whirl of 25 [deg] is applied at the inlet of the impeller. The only drawback associated
with positive pre-whirl is the reduction in delivery pressure at the compressor exit. This phenomenon can be
understood from Equation (2.8). Due to positive pre-whirl, the right-hand term U, C,,;/ U22 in Equation (2.8)
is no longer zero, resulting in reduced energy transfer from impeller on working fluid. Figure (2.23) illustrates
the reduction in enthalpy rise across the compressor due to positive pre-whirl. = 2.5% reduction is delivery
pressure is observed for MTT compressor with a positive pre-whirl of 25[deg], as shown in Figure (2.24).
The drawback due to positive pre-whirl can be shadowed by either increasing the impeller’s tip radius or by
reducing the impeller’s back sweep.

Figure (2.25) and (2.26), illustrates the impact of increasing impeller tip radius; decreasing impeller back
sweep on [I77 and 71 of MTT compressor with a positive pre-whirl of 25 [deg] at inlet of compressor. The
geometrical parameters impeller tip radius and impeller backsweep are normalized with existing design val-
ues, shown in Table (2.1). It can be observed from Figure (2.25), that the reduction in delivery pressure due
to pre-whirl can be compensated by either increasing the impeller tip radius by = 1% or by decreasing the
impeller back sweep by = 8%.
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Figure 2.25: Varation of I177 by either increasing impeller tip diameter or by decreasing backsweep for MTT compressor with 25 [deg]
positive pre-whirl

Decreasing impeller back sweep has negative impact on compressor’s performance as shown in Figure
(2.26b). The primary reason for such a behaviour is the increase in losses due to wake mixing at impeller
exit. The performance of the compressor has increased gradually by changing impeller tip radius, as shown
in Figure (2.26a).
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Figure 2.26: Varation of 7 by either increasing impeller tip diameter or by decreasing backsweep for MTT compressor with 25 [deg]
positive pre-whirl
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Effect of Vaned Diffuser on Compressor Performance The performance of MTT compressor with the vane-
less diffuser and the vaned diffuser is evaluated in this paragraph. Figure (2.27) shows the schematic of chan-
nel shaped vaned diffuser used for the meanline analysis. To compare the performance of MTT compressor
with a vaneless diffuser and with a vaned diffuser, the static pressure at the diffuser exit is kept constant
for both the diffusers. As the vaneless diffusion process is considered less efficient, reducing the vaneless
space ratio increases the efficiency of the compressor. However, the least possible vaneless space ratio for
MTT compressor design is 1.10 due to geometrical constraints, hence the same was considered for one-
dimensional analysis. Figure (2.28) illustrates the variation in MTT Compressor Efficiency for different vane
divergence angle. It can be observed that the vaned diffuser performance poorly at low divergence angle
due to increased wake-mixing loss at vaned diffuser exit. At high divergence angle (8. > 5.5 [deg]) [27], the
possibility of flow separating from vane surface increases resulting in losses, which is not captured by the one-
dimensional performance prediction tool. Figure (2.29) shows the variation in efficiency of MTT compres-
sor with and without pre-whirl; with and without vaned diffuser. Vane divergence angle (6.) of 8 [deg] was
considered for the analysis. It was observed that = 6% increase in compressor efficiency was obtained by re-
placing vaneless diffuser with vaned diffuser in existing compressor assembly. However, a three dimensional
analysis is performed in Chapter (5) to verify the meanline model results, as the one-dimensional model is
incapable of predicting the losses due to flow separation across the vaned diffuser channel.

Pressure Sur face
Suction Sur face

Channel Dif fuser
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Figure 2.27: The schematic of Channel Shaped Vaned Diffuser
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MEAN LINE COMPRESSOR PERFORMANCE
OPTIMIZATION

In this chapter, the optimisation of the impeller has been performed by coupling a gradient-based algorithm
and an evolutionary algorithm with the meanline tool described in the previous chapter. The geometrical pa-
rameters namely the impeller hub radius, ratio of impeller shroud to tip radius, ratio of diffuser inlet to exit
radius, and impeller blade back sweep angle have been selected as the design variables for optimisation of the
compressor with a vaneless diffuser. In the case of optimising a compressor with vaned diffuser additional two
geometrical parameters namely, the position of the vanes with respect to impeller tip and the vane divergence
angle have been chosen for the optimisation. The maximisation of compressors’ Total-to-Total and Total-to-
Static efficiency for a user defined static pressure recovery have been chosen as an objective function.

3.1. INTRODUCTION

The most challenging step for a design engineer during a design process is to determine an optimum design
satisfying all the design requirements (design constraints). An Optimum design is usually achieved through
optimisation, a mathematical process that produces maximum or minimum value for a specified function
while meeting all the design requirements. In the case of MTT centrifugal compressor optimisation, maximi-
sation of compressor’s performance or minimization of compressor’s losses is the objective function and the
optimisation constraints are the static pressure recovery and geometrical limitations.

a2l cop | | [— 220k rRPM
225k RPM
—— 230k RPM
—— 235k RPM
3 1| —— 240k RPM
o ---nNrr= 81%
=~
=
28| .
26| .
| | | |
80 90 100 110 120 130

Design Flow [%]

Figure 3.1: MTT Compressor Performance Map

Figure (3.1), shows the performance map of the existing MTT compressor. The operating range for which
current MTT compressor provides the highest efficiency is represented using a blue dashed line. It can be ob-
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served that the MTT current operating point (COP) is near surge line and far away from maximum efficiency
region. Performing an optimisation on MTT compressor will allow to determine the compressor’s geometri-
cal parameters at which maximum efficiency can be achieved for COP.

Before presenting and discussing the results of the optimisation, an overview of the general optimisation
problem is presented, followed by the optimisation techniques adopted in this work.

3.2. OPTIMISATION PROBLEM STATEMENT

In this section, the specification for the overall optimisation problem is presented. Initially, a general de-
scription of the formulation employed in optimisation process is given followed with the formulation of the
optimisation problem for MTT compressor.

Problem Statement For optimisation of MTT compressor, user defined static pressure recovery is a con-
straint which has to be satisfied during the optimisation process. However, incorporating this criterion within
the objective function has assisted in formulating the optimisation problem without an explicit declaration of
the mentioned constraints. These kinds of optimisation problems are termed as unconstrained optimisation
problems. Equation (3.1) up to (3.3) states the problem statement for unconstrained optimization.

minimize ), (3.1)
Xp,min = Xp = Xp,max 3.2)
X1
X2
where X=1 - 3.3)
Xn

The above stated optimisation problem consider only one objective function, hence can be termed as
single-objective optimisation formulation. However, some applications require simultaneous minimization
of several objective functions f;(x), leading to a so-called multi-objective optimisation problem. In this
case, conflict objective functions may exist, leading to a conundrum between two simultaneous minimis-
ing or maximising functions. One of the simplest solutions to the above problem is the conversion of multi-
objective optimisation problem into a single-objective one by considering a "pseudo-objective function" f(x)
as the weighted sum of each individual objective function, as shown in Equation (3.4). w; = 0 are the weight-
ing coefficients representing the importance of its objective function f;(x). It is usually assumed that the sum
of objective functions is 1 [32].

f)=Z w;fi(x) (3.4)

For MTT compressor formulating an optimization problem with objective function as Total-to-Total effi-
ciency or Total-to-Static efficiency results in obtaining a optimal candidate point which is dictated by bounds
of design variable v,. Thus, the optimisation problem for MTT compressor has two objective functions
namely, Total-to-Total and Total-to-Static Efficiency. Hence, a multi-objective optimisation formulation was
utilised. As both the objective functions are equally significant, a weighting coefficient of 0.5 was considered
while formulating the optimisation problem.

Design Vector The set of quantities which can be viewed as variables in the design process is termed as
design variables. The design variables are usually represented in a vector form known as Design Vector, as
shown in Equation (3.3).

f(rl,hubr rl,shroud; rZr r3r N; ]’i’l, POIYPOSY TOlr T03rR! ,}/! U) (35)

The basic parameters that determine the performance of a centrifugal compressor with vaneless diffuser
can be written in terms of a function as shown in Equation (3.5) [33]. MTT compressor operates on flu-
ids obeying ideal gas law at a constant RPM of 240k and a mass flow rate of 0.055 [kg/s], hence the terms
m, N, R,y in Equation (3.5) are neglected as design variables during the optimization process for MTT com-
pressor with vaneless diffuser. As mentioned earlier, the optimisation is performed for a user defined static
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pressure recovery, hence the terms Pys, Ty in Equation (3.5) cannot be considered as design variables for
the optimisation. Unlike turbochargers, the variation of inlet flow properties for MTT compressor is meagre.
Thus the terms Py, Tp; in Equation (3.5) can also be neglected as the design variables for the optimization
process. The remaining terms in Equation (3.5) are valid design variables that are considered during the op-
timisation process of MTT compressor with a vaneless diffuser.

o in Equation (3.5) is a function of blade back sweep angle (82), hence o is replaced by B, as a design
variable. The number of design variables plays a significant role in computational time, thus considering the
ratio of geometrical parameters assists in reducing the design variables to 4 instead of 5. Equation (3.6) and
(3.7) shows the ratio of geometrical parameters considered as design variables for optimization. Equation
(3.8) represents the design variables that were considered for optimisation of MTT compressor with vaneless
diffuser in a vector form. In the case of a vaned diffuser, two additional parameters namely ratio of vaneless
space and divergence angle (8.) were also considered.

_ T1,shroud
r2

Ay (3.6)

2
V= —= 3.7
r3

1, hub
Ar
Vr

B2

X = (3.8)

The design variables mentioned in Equation (3.8) have different orders of magnitude, and most of the
optimising algorithms are not numerically robust to accommodate such wide variation in the magnitude of
the design variables. To prevent ill-conditioning, all the design variables are normalised such that they have
similar magnitudes. Equation (3.9) shows the normalized design vector used for MTT compressor optimiza-
tion.

1, hub
Ar
Vr
B2

1, hub
Ar
Vr

B2

4

o
1l

(3.9

Bounds As mentioned in Section (3.1), bounds are the limits within which the design variables are allowed
to vary during the optimisation process. The range within which the r; j,, must vary depends on the struc-
tural integrity of the impeller, hence its chosen based on the experience. For MTT compressor optimization
the range of ry 5, was varied from 85% to 115% with respect to existing r} ,, dimension. The optimal range
for A, and v, are between (0.5 to 0.7) and (0.5 to 0.7) respectively [33]. Considering values below 0.57 for A,
results in the formation of shock due to reduced inlet area, as we are dealing with micro compressors. Thus A,
was allowed to vary from (0.57 to 0.7) during the optimisation process. The v, was limited to vary between 0.5
to 0.5775 in order to achieve the same or lower exit dynamic head as of the existing MTT compressor design.
Optimal back sweep angle () varies with impeller’s discharge pressure, thus a wide range (30 to0 60 [deg])
was selected during the optimisation process.
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Parameters Lower Bound Upper Bound Units
1, hub 0.95 1.3 [mm)]
A 0.57 0.7 [-]
vy 0.5 0.5775 [-]
B2 30 60 [deg]
Vaneless Space Ratio 1.05 1.25 [-]
0. 4 5.5 [deg]

Table 3.1: The allowable range for the design variables during the optimisation

Similar bounds were maintained for the mentioned design variable while optimising the compressor with
the vaned diffuser. The optimum range for vaneless space ratio is 1.05 to 1.25 [19] [31], thus the same was
utilized as bounds for optimisation. Vane divergence angle (6.) above 5.5 [deg] results in flow separation
across the vaned diffuser channel [27]. As observed in Chapter (2) the one-dimensional performance predic-
tion tool is incapable of predicting losses due to flow separation across vaned diffuser, thus 8, was allowed
to vary from 4 to 5.5 [deg] during the optimization process. The bounds for the design variables used in this
work is summarized in Table (3.1).

3.3. OPTIMIZATION TECHNIQUES

Generally, optimisation methods can be categorised as local or global. Local optimisation perturbates the
design variables such that the direction followed leads to minimization or maximisation of the objective
function. Local optimisation provides an optimal solution only when the optimum point is located in the
neighbourhood of the initial candidate point, which is provided by the user. In the case of a global optimi-
sation, a set of several designs are simultaneously compared to each other, combined and altered so that the
objective function is either minimised or maximised. Unlike local optimisation, global optimisation provides
an optimal solution regardless of the position of the initial candidate point provided by the user.

Another well-known classification of optimisation techniques is stochastic optimisation and determinis-
tic optimisation. In stochastic optimisation, the design variables are randomly created and used, whereas in
deterministic optimisation the design variables are created based on the gradient information about the ob-
jective function. Classical optimisation strategies (e.g., non-linear, linear geometric, quadratic and dynamic
programming), which are used to determine the optimal solution are local, deterministic methods. These
methods use differential calculus in determining the optimal points, which are then sought from initial solu-
tion in an iterative fashion.

On the other hand, there are some optimisation methods which are based on certain characteristic and
behaviour of biological, molecular and the swarm of insects. These methods are generally global, stochastic,
as they require only the objective function to be evaluated and not their derivatives. Some of them are the
evolutionary algorithm, particle swarm optimisation and colony optimisation.

For MTT compressor, optimisation was performed using both, gradient based and stochastic optimisa-
tion techniques. "Limited memory Broyden-Fletcher-Goldfarb-Shanno" (L-BFGS-B) algorithm was utilised
for gradient-based optimisation and for stochastic optimisation was performed using "Differential Evolu-
tion" algorithm. A brief overview of these algorithms is presented below.

L-BFGS-B L-BFGS-B approximates the BFGS algorithm using a limited amount of computer memory. L-
BFGS-B is a class of hill climbing optimisation technique, where the optimal point is reached when the gra-
dient is zero. The primary difference between L-BFGS-B and BFGS algorithms is the difference in storage of
hessian matrix, which is utilised to search through variable space. BFGS stores a dense xxx hessian matrix,
whereas L-BFGS-B stores only a few vectors that represent the approximation implicitly.

Differential Evolution Differential evolution is a stochastic population method which is utilised for global
optimisation problems. The algorithm mutates each candidate solution with other candidate solutions to
create a trial candidate. There are several strategies available to determine the trial point. For current optimi-
sation problem, "Best1Bin" strategy was utilised. In this strategy, two members are randomly chosen from the
design space. Their difference is used to mutate the best member. A trial vector is constructed with randomly
chosen parameters and with parameters from the best candidate or original candidate. If the trial candidate
is better than the original candidate then the trial candidate replaces the original candidate. A similar process
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occurs if the trial candidate is better than the best overall candidate, resulting in determining the optimum
design candidate in the design space.

3.4. RESULTS OF THE OPTIMISATION

This section shows the numerical results of centrifugal compressor optimisation performed at MTT current
operating point. The compressor optimisation and MTT compressor performance analysis were performed
at International Standard Atmospheric (ISA) conditions. The initial design candidate point assumed for the
optimisation process along with their bounds is listed in Table (3.2). Table (2.1) lists the other geometrical
parameters used during the optimisation process. The capability of gradient based algorithm in determining
the global optimal point for the current optimisation problem was evaluated by comparing the results with
stochastic optimisation results. The variation in individual loss components for existing design and opti-
mised design, along with the performance map for the optimised design is presented in this section. Finally,
the robustness of the optimisation tool for the wide range of user design static pressure recovery is analysed.

Value Lower Bound Upper Bound

My 4.0 [mm] 0.95 1.3
A 0.6 [-] 0.95 1.1667
v, 0.525[-] 0.95 1.1
B 43.0[deg] 0.7 1.375

Table 3.2: Initial Candidate Point along with their Bounds

Gradient Based Algorithm vs Stochastic Algorithm The Optimal design vector and the Total-to-Total ef-
ficiency achieved using a gradient based algorithm and a stochastic algorithm is listed in Table (3.3). It can
be observed that both of these algorithms managed to provide similar optimal design vector except for the
B2 design variable. The optimal candidate point provided by stochastic algorithm has lower 5, resulting in a
higher wake-mixing loss at impeller when compared to the optimal candidate point provided by the gradient-
based algorithm. The magnitude of other loss components was identical for both the designs.

The gradient based algorithm required only 297 candidate points to determine the optimal compressor
design, whereas the stochastic algorithm required 4808 in order to determine the optimal candidate. From
these results, it can be inferred that the gradient-based algorithm is better suited for current optimisation
problem than the stochastic algorithm. Quoc V. Le [34] came to a similar conclusion while performing opti-
misation for problems with a relatively small number of design variables. For the remainder of this section,
all the results presented were obtained using a gradient-based algorithm.

Stochastic Algorithm  Gradient Based Algorithm  Units

I hub 0.00382 0.0038 [m]
A 0.695 0.70 [-]
vy 0.575 0.578 [-]
B> 44.6 45.6 [deg]

nrr 83.7 83.9 (%]

Table 3.3: Optimal Candidate Point for Stochastic Algorithm and Gradient Based Algorithm
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Figure 3.2: Variation in Different Loss Components for MTT Compressor and Optimized Compressor with Vaneless Diffuser
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Optimization of Compressor with Vaneless Diffuser Figure (3.2) shows the variation in loss components
between MTT compressor design and optimised compressor design. It can be observed that the magnitude
of incidence; shock; and wake mixing loss component for MTT compressor design is significantly higher
when compared to the optimised design. The magnitudes of other loss components were almost identical
for both the designs. The meridional shape of MTT impeller and the optimised impeller is shown in Figure
(3.3). Figure (3.4) compares the 1 and I177r of MTT compressor with the optimised compressor. It can be
observed that = 11% increase in Total-to-Total efficiency can be achieved by replacing current MTT compres-
sor with the optimised compressor. The total-to-total pressure ratio of the optimised compressor is = 4.8%
higher when compared to MTT existing compressor design. From the compressor’s 77 and CHP units’ 1,;
relation discussed in Chapter (1), we can conclude that replacing the MTT compressor with the optimised
compressor for MTT CHP unit will result in increasing the electrical efficiency of the CHP system by = 4.5%.

Figure (3.5) shows the performance map of the optimized compressor. It can be observed that the current
operating point (COP) lies on the high-efficiency region and far away from the surge region, thus achieving
the objective of the optimisation process.
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Figure 3.5: Optimised Compressor’s Performance Map

Optimization of Compressor with Vaned Diffuser In this paragraph the performance of the Optimized
compressor with a Vaned Diffuser (OCVD) will be compared with the performance of the Optimized Com-
pressor with a Vane-Less Diffuser (OCVLD). Figure (3.6) summarizes the variation in magnitude of different
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loss components for OCVD and OCVLD. Table (3.4) shows the initial and optimal candidate point for vaned
diffuser optimization. It can be observed that the optimal of OCVD is similar to OCVLD except for the differ-
ence in blade back sweep angle. A scant reduction in losses in vaned diffuser assisted OCVD design to achieve
same I177 with higher 8, angle when compared to OCVLD design. This resulted in reduced wake-mixing loss
at impeller exit as shown in Figure (3.6). Figure (3.7) illustrates the variation in II77 and nrr for OCVLD and
OCVD. It can be observed that about 0.6% increase in efficiency can be achieved by replacing the OCVLD
design with OCVD design.
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Figure 3.6: Variation in Different Loss Components for Optimized Compressor with Vaned Diffuser (OCVD) and Optimized Compressor
with vane-Less Diffuser (OCVLD)

Initial Candidate Point Optimum Candidate Point  Units

L b 0.004 0.0038 [mm]

A 0.6 0.7 [-]

vy 0.525 0.578 (-]
B> 43.0 49.22 [deg]

Vaneless Space Ratio 1.10 1.25 (-]
0, 5.0 55 [deg]

Table 3.4: Initial and Optimal Candidate Point for compressor with vaned diffuser
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3D NUMERICAL ASSESSMENT OF THE
COMPRESSOR WITH VANELESS DIFFUSER

The flow properties within a centrifugal compressor can be evaluated using a three-dimensional Computa-
tional Fluid Dynamics (CFD) at a higher level than the one-dimensional mean-line analysis. This chapter
presents the 3D CFD analysis of MTT compressor with and without pre-whirl. The 3D CFD analysis results
were also compared with 1D mean-line analysis results to determine the accuracy of the one-dimensional per-
formance prediction tool. Finally, the 3D CFD analysis of Optimised Compressor with vaneless Design (OCVLD)
is presented in this Chapter.

4.1. INTRODUCTION

Considerable progress in development and application of computational fluid dynamics (CFD) for turboma-
chinery applications has been made in recent years. Present day design process is incomplete without CFD.
CFD numerically solves Navier-Stokes equation for applications involving fluid flow, heat transfer and other
related phenomena by means of computer-based algorithms.

As described in Chapter (2), flow field within a centrifugal compressor is very complex and turbulent.
Turbulence can be characterised as three-dimensional random fluctuations in the flow with velocity gradi-
ents existing in all three directions. Turbulence exhibits diffusive and dissipative properties. Diffusion leads
to rapid mixing, whereas dissipation leads to increase in fluid’s internal energy due to viscous shearing and
vortex shedding. In addition, turbulent flows have a wide range of length scales.

The computational efforts required to solve all the turbulent length scales is far beyond present capabili-
ties and for engineering purposes the mean properties of the turbulent flow are sufficiently enough. This gave
rise to Reynolds-averaged Navier-Stokes (RANS) equation. In the Reynolds-averaged approach to turbulence,
all the unsteadiness is averaged out [35]. However, this approach leads to a closure problem which is solved
using empirical approximations i.e., Turbulence Models. The methodology followed during 3D CFD analysis,
choice of turbulence model and 3D CFD results will be discussed in upcoming sections of this Chapter.

Table 4.1: Geometrical Parameter of MTT Compressor

Parameters Value Units

1, hub 4.5 [mm]
1, shroud 12.9 [mm]
ro 18.5 [mm]

3 32.73 [mm]

by 2.6 [mm]
b3 2.6 [mm]

t 0.5 [mm]

39
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4,2, MODELLING OF COMPUTATIONAL DOMAIN

In order to perform an extensive 3D CFD analysis, various pre-processing steps like geometry creation, grid
processing and solver setup has to be performed. This section presents all the pre-processing steps required
to perform a 3D CFD analysis for MTT Centrifugal Compressor.

4.2.1. GEOMETRY

The geometry for the impeller and diffuser was designed using Ansys BladeGen. The geometrical dimensions
(Table 4.1) were provided by MTT. Figure (4.1) and (4.2) shows the geometry of MTT impeller and MTT dif-
fuser used to perform 3D CFD analysis. The thickness of the blades were kept constant along span-wise and
stream-wise direction. Blades were designed with elliptical leading edge to resemble the actual shape of MTT
impeller.

0 0.015 003 (m)
0.005 0.015 0.0075 0.0225

Figure 4.1: MTT Impeller Figure 4.2: MTT Vaneless Diffuser

Computational Fluid Domain The computational fluid domain consists of an inlet duct, impeller and
vaneless diffuser with interfaces between the stationary and rotating components, as shown in Figure (4.3).
Due to the periodicity of the impeller, it was sufficient to model a full blade and a splitter blade to perform 3D
CFD analysis. Table (4.2) lists the inlet and outlet boundary conditions used for CFD simulations.

Table 4.2: Boundary Conditions used to Evaluate the
Performance of MTT Compressor

Parameters Value  Units

Inlet Total Pressure 0.98 [bar]
Inlet Total Temperature 296.4 [K]
Inlet x Velocity Component 0.0 [-]
Inlet y Velocity Component 0.0 -]
Inlet z Velocity Component 0.0 -]

Exit Mass Flow Rate 0.055 [kg/s]
RPM 240k [-1]

Figure 4.3: Computational Domain

4.2.2. GRID GENERATION

Ansys TurboGrid was utilized to generate a 3D structured grid using the H-Grid and C-Grid topologies. C-Grid
topology assists in creating fine mesh around the blade. Conformal mesh was created across the interfaces to
reduce the computational efforts [13]. Figure (4.4) and (4.5) shows the computational domain with structured
mesh along the impeller and C-Grid around the leading edge of the impeller respectively. In order to resolve
the viscous sublayer in the boundary layer the non-dimensional wall distance Y* was maintained close to 1.
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Figure 4.5: MTT Impeller Leading Edge with C-Grid Topology

Figure 4.4: MTT Impeller with C-Grid and H-Grid Topology

4.2.3. NUMERICAL SOLVER

Commercial tool Ansys CFX 17.1 was utilized to perform the 3D CFD simulations. The discretised conser-
vation equations were resolved using high resolution advection scheme. High resolution velocity pressure
coupling algorithm was used to evaluate the mass flow rate. As discussed earlier, the turbulence models
were developed based on empirical relations, thus a most suitable turbulence model representing the flow
properties for the application has to be chosen. The two-equation models k — € and k — w are the widely used
turbulence models. The k—e turbulence model has been very successful in a large variety of different flow sit-
uations, but it has a number of well known shortcomings. From the standpoint of compressor aerodynamics,
its lack of sensitivity to adverse pressure gradient is quite disturbing. The k — w turbulence model yields more
accurate results for boundary layers even with adverse pressure gradient; and for simulations with separated
flows. Sensitivity to free stream boundary conditions is a major drawback for k —w model.

In order to over come the shortcomings of the mentioned two equation turbulence models, Florian R.
Menter developed a new version of k — w turbulence model named as Shear Stress Transport Model (SST). It
was observed that SST model showed great agreement with experimental results for flow with adverse pres-
sure gradient and was also independent of free stream values [36]. Bourgeois [37] performed an extensive
research in evaluating various turbulence models for centrifugal compressor applications. He found that SST
turbulence model was particularly appealing and showed satisfying results over the whole speed-line. There-
fore for this thesis, The RANS k —w SST turbulence model was utilized to perform the 3D CFD analysis.
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Figure 4.7: Variation of Y* along the Normalised Stream-wise
Figure 4.6: RMS Residuals trend for Mass and Momentum Length of the Impeller Blade [Both Full and Splitter]
observed during 3D CFD analysis of MTT compressor

The convergence criteria, where the RMS residuals reach below 1e~® was utilized. Figure (4.6) shows the
trend of RMS mass and momentum residuals obtained while simulating MTT compressor without pre-whirl,
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similar trend was observed for all the results presented in this chapter.

4.2.4. GRID SENSITIVITY ANALYSIS

A numerical method is said to be convergent in terms of mesh resolution if the solution of the discretized
equations tends to the exact solution of the differential equation as the grid spacing tends to zero [35]. Five
different grid sizes varying from 0.15 million to 0.88 million were evaluated to achieve grid convergence. The
Y! = 1 was maintained for grid size above 0.475 million. The variation of Y* along the length of the blade
is shown in Figure (4.7). The variation of 177 and 7 for various grid size is shown in Figure (4.8) and (4.9)
respectively. It was observed that the variation in 177 and n for grid size above 0.475 million is 0.14% and
0.02% respectively. Thus a grid size ranging from 0.475 million up to 0.5 million and Y! = 1 was utilised for
all the simulations presented in this chapter.
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4.3. RESULTS

Initially, the flow behaviour within MTT compressor is presented followed with the performance of MTT
compressor with positive pre-whirl at the compressor inlet. Then the three-dimensional CFD results are
compared with one-dimensional and experimental results to evaluate the prediction accuracy of the 1D and
3D CFD analysis. Finally, the 3D CFD results of optimised compressor design (OCVLD) and its performance
with existing MTT scroll are discussed.
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MTT Compressor without pre-whirl The boundary conditions used for the analysis is listed in the Table
(4.2). The mediocre performance of MTT compressor was attributed to the incidence at the leading edge
of the inducer by one-dimensional performance prediction tool. The results from 3D CFD analysis were no
different. Figure (4.10) shows the difference in relative flow angle and the blade angle at the inducer inlet
shroud. The incidence at the leading edge of the inducer leads to rapid acceleration of the flow resulting in
flow separation at shock foot as shown in Figure (4.11).
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In order to reduce the incidence and rapid flow acceleration at the inducer inlet, a positive pre-whirl is
necessary as discussed in Chapter (2). The performance of MTT compressor with pre-whirl is evaluated using
3D CFD techniques and the results are presented in next paragraph.

MTT Compressor with Pre-Whirl 3D CFD analysis was performed for MTT compressor with three differ-
ent positive pre-whirl angles 14 [degl, 20 [deg] and 25 [deg]. Significant reduction in shock strength was
observed by varying the positive pre-whirl angle from 14 [deg] to 25 [deg] as shown in Figure (4.12).
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Figure 4.12: Blade-to-Blade Relative Mach Number contour for MTT Compressor near Shroud for different Positive Pre-whirl Angles at
Inlet

=~ 5% increase in compressors 7 was achieved by providing a positive pre-whirl of 25 [deg] at the com-
pressor inlet. However, the II7 across the compressor was reduced by = 2.5%. A similar trend in variation
of nrr and Il was predicted by one-dimensional performance prediction tool.
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The variation in nrr and I171 predicted by 1D and 3D analysis for MTT compressor with different positive
pre-whirl at impeller inlet is shown in Figure (4.13) and (4.14) respectively. It can be observed that the nrr
predicted by the 1D model is in close agreement with the 3D results up to a pre-whirl of 14[deg]. Beyond
14[deg], the nrr predicted by 3D analysis is almost constant, whereas 1D model showed gradual increase up
to 25[deg]. Nevertheless, the increase in Anrr of the compressor with and without pre-whirl predicted using
1D and 3D analysis is almost constant. The maximum offset in the prediction of 77 between 1D and 3D
analysis was just 0.7%.

There is a significant difference in prediction of I17 7 by 1D model and 3D analysis. It can be observed that
the 1D model predicts a slight increase in I177 from 0 deg up to 4 deg of pre-whirl followed with a gradual and
steep descend. Whereas the 3D model predicts a steep increase in I[177 from 0 deg up to 14 deg of pre-whirl
followed with steep descend. The primary reason behind the increase in I171 with pre-whirl is due to the fact
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that the rate of reduction of loss components is higher when compared to the rate of reduction of work input.
The maximum difference in prediction of [T between 1D model and 3D analysis is = 5%. Over prediction
of losses due to shock by SST turbulence model is a possible reason for the difference in prediction of Il77
between 1D and 3D analysis.

Validation of 1D and 3D results with Experimental Data Figure (4.15) and (4.16) compares the I1r1 and
To3 predicted by 1D and 3D analysis with experimental results. The boundary conditions at which the anal-
ysis were performed is shown in Table (4.3). It is important to mention that the experimental data has been
obtained for the complete compressor, whereas the 1D analysis and 3D analysis comprises of the impeller
and the diffuser only. The volute has not been modelled for 1D and 3D analysis. This is one of the primary
reasons for variation in prediction of IIT7 and Tp3 by 1D and 3D analysis when compared to the experimental
results.

Table 4.3: Boundary Conditions used during 1D, 3D and Experimental Analysis to determine MTT Compressor’s Performance

Parameters 0 [deg] Pre-Whirl 14 [deg] Pre-Whirl  Units
Inlet Total Pressure 0.98 1.017 [bar]
Inlet Total Temperature 296.4 303 K]
Inlet X Component 0.0 0.0 (-]
Inlet y Component 0.0 0.2419 -]
Inlet z Component 0.0 0.9703 -]
Exit Mass Flow Rate 0.055 0.055 kg/s]
RPM 240k 240k [—]
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Other possible reasons for difference in 3D CFD analysis and experimental results are the numerical errors
and the steady-state simulation with the SST turbulence model. Nevertheless, it can be observed that the
maximum difference in prediction of I177 and Ty3 by 3D analysis is ® 3% and = 2% respectively, when
compared to experimental results.

Optimized Compressor with Vaneless Diffuser (OCVLD) The optimized compressor with vaneless diffuser
design (OCVLD) obtained from 1D optimization tool is evaluated using 3D CFD analysis. Default values sug-
gested by Ansys BladeGen was utilized for all the unknown geometrical parameters. Figure (4.17) compares
the shape of optimized full and splitter blade with existing MTT design.
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with Optimized Blade Design

The boundary conditions used to analyse MTT compressor without pre-whirl was utilized for analysing
the optimized compressor design. Figure (4.18) shows the blade-to-blade relative mach number variation
near the shroud for the optimized compressor design. It can be observed that the wake region has been
significantly reduced for optimized compressor when compared to the existing MTT compressor. The op-
timized compressor has a weak shock followed by a separation bubble. Further refinement in meridional
shape and impeller blade shape is necessary to enhance the performance. Nevertheless, the optimized com-
pressor showed 5% increase in 71 when compared to the MTT compressor for the same I177. MTT needs to
redesign the existing compressor scroll to accommodate the optimized impeller, because the shroud radius
of the optimized impeller is 0.3 mm shorter than the existing impeller design.
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The ITr7 and n77 of the MTT compressor with and without pre-whirl and of the optimized compressor
obtained using 3D CFD analysis is shown in Figure (4.19) and (4.20) respectively. It can be observed that the
II77 and nrr of the MTT compressor with 14 [deg] pre-whirl is approximately equal to the 177 and nrr of
the optimized compressor design. Thus, from above observation we can conclude that the most cost effective
option for MTT is to provide a pre-whirl at compressor inlet instead of incorporating the optimized impeller
design because incorporating optimized impeller design requires redesign of compressor scroll which is com-
paratively costlier.






DESIGN AND 3D NUMERICAL ASSESSMENT
OF COMPRESSOR WITH VANED DIFFUSER

In this chapter, the influence of the vaned diffuser on the performance of the MTT compressor is determined.
Firstly, a brief description of the three main categories of the vaned diffuser along with the important design
parameters is presented. The methodology followed during the design and the analysis of the vaned diffuser is
described. Finally, the 3D CFD results of the three main categories of the vaned diffuser are presented.

5.1. INTRODUCTION

There are broadly two types of diffusers used for centrifugal compressor namely, Vaneless Diffuser and Vaned
Diffuser. Vaneless diffusers are used for applications where maximum operating range and minimum cost
are the prime design requirements, whereas vaned diffusers are used for applications where maximum static
pressure rise and efficiency are the prime design requirements.
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Figure 5.1: Comparison of 7 between MTT Compressor with Vaneless Diffuser and without Diffuser

Figure (5.1) shows the Total-to-Total efficiency of MTT centrifugal compressor with vaneless diffuser and
without diffuser obtained using 3D CFD analysis for inlet boundary conditions, Py; = 0.98 [bar] and Ty, =
296.4 [K]. = 60% increase in losses takes place by incorporating a vaneless diffuser as observed in Figure (5.1).
Though losses are directly proportional to the amount of deceleration of the fluid, the vaneless diffusion pro-
cess is generally accepted as less efficient due to increased skin friction loss [19]. The feasibility of enhancing
MTT compressor performance at the expense of the operating range is evaluated in this chapter by replacing
the vaneless diffuser in the MTT compressor with a vaned diffuser.

47
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The subsequent sections of this chapter address the different types of vaned diffuser followed with their
most important design parameters. Subsequently, the methodology followed to design the vaned diffuser
for MTT compressor is described. Finally, the methodology and the results of the 3D CFD analysis for MTT
centrifugal compressor with a vaned diffuser is presented.

5.2. VANED DIFFUSER

The fluid through a vaneless diffuser takes a logarithmic path resulting in high frictional losses. Figure (5.2)
shows the flow traces for MTT vaneless diffuser. The flow path across the vaneless diffuser can be reduced at
an expense of static delivery pressure by reducing the vaneless diffuser exit radius (r3). However, by providing
better guidance to the flow in the diffusing passage using vanes, the length of the flow path can be reduced
without reducing the static delivery pressure, resulting in reduced frictional losses. Boyce [30] states that at
the design point replacing the vaneless diffuser with a vaned diffuser will assist in increasing the compressor’s
efficiency by = 4%. The nomenclature generally used for all types of a vaned diffuser is shown in Figure (5.3).

Suction Pressure
ourface  eurface  Channel
diffuser

Throat
¢—Lfad‘ng edge radius

Vaneless
space Semi-vaneless Zone of
space rapid adjustment

Figure 5.2: Flow Path Traces Across MTT Vaneless Diffuser Figure 5.3: The Geometry and Nomenclature of Vaned Diffuser

The vaned diffuser can be classified into three types namely, Channel Diffuser, Airfoil Type Vaned Dif-
fuser and Low-Solidity Vaned Diffuser. The performance and geometrical characteristics of different diffuser
categories are summarised in Table (5.1).

Channel Diffuser (CD) The channel diffusers are used by a large number of turbomachinery companies
due to its low cost and good performance [38] [39]. The starting point for the design of the channel diffuser
is often the selection of the geometrical parameter namely divergence angle (26,), the area ratio (AR) and
the length-to-width ratio (LWR). Yoshinaga [40] suggested the optimal divergence angle for straight-channel
vaned diffuser is in range of 8 to 10 [deg], whereas Aungier [27] suggested the optimal divergence angle must
be less than 11 [deg]. Figure (5.3) shows the schematic of channel diffuser.

Airfoil Shaped Vaned Diffuser (ASVD) Figure (5.4) shows the MTT compressor with an airfoil shaped vaned
diffuser. The airfoil shaped vaned diffuser can provide sufficient pressure rise at a smaller diffuser outer
diameter when compared to channel shaped vaned diffuser [19]. However, the curvature of the vanes leads to
complex design and increased manufacturing cost when compared to the channel shaped vaned diffuser. The
operating range of airfoil shaped vaned diffuser is higher when compared to channel shaped vaned diffuser
[41].

Low Solidity Vaned Diffuser (LSVD) In low solidity vaned diffuser the vanes are positioned far apart to
purposely avoid the existence of throat. Solidity is defined as the ratio of vane chord to vane pitch. The per-
formance and operating range of LSVD are in between vaneless diffuser and airfoil or channel type diffuser.
Figure (5.5) shows the MTT compressor with LSVD.
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Table 5.1: Performance and Geometrical Characteristics of Different Diffuser Categories

Diffuser Operating Cost Efficiency Static ' Diffuse_r Exit
Types Range Pressure Rise Radius
Vaneless High Low Moderate Low High
Channel Diffuser Low Moderate High High Low
ASVD Low High Very High High Very Low
LSVD Moderate High Moderate Moderate Moderate

Figure 5.4: MTT Impeller with 13 Vanes Airfoil Shaped Vaned Figure 5.5: MTT Impeller with 20 Vanes Airfoil Shaped
Diffuser Low-Solidity Vaned Diffuser

5.3. VANED DIFFUSER DESIGN PARAMETERS

Regardless of the type of vaned diffuser, nine geometrical parameters play a significant role in determining
the performance of the vaned diffuser. They are vaneless space ratio, throat blockage, incidence angle, vane
leading edge shape, vane number, divergence angle, length-to-width ratio, area ratio, and vane profile. The
throat area for the MTT compressor is calculated using one-dimensional performance prediction tool. The
area ratio and the length-to-width ratio is suggested by one-dimensional performance prediction tool for the
user defined static delivery pressure. As these three geometrical parameters are constant for MTT compres-
sor, their influence on the performance of vaned diffuser will not be addressed in this section. The essential
features of all the other geometrical parameter along with their values for MTT compressor is described in
this section.

Divergence Angle The significance of divergence angle on performance of channel diffuser was evaluated
by many researchers [42] [43][44]. Their common conclusion was that having a small divergence angle (26.)
resulted in reduced static pressure recovery due to blockage. Clements [45] observed that increasing the
channel diffuser with divergence angle of 20, = 12 produced 4% higher pressure recovery coefficient when
compared to channel diffuser with divergence angle of 26, = 4. Aungier [27] observed abrupt deterioration in
channel diffuser performance for 26, > 11.

On the contrary, the one-dimensional tool discussed in Chapter (2) predicted better performance for di-
vergence angle (20.) above 11 [deg]. Therefore, for MTT compressor with channel diffuser the divergence
angle was varied from 11 deg to 21 [deg] and its performance is evaluated using 3D CFD analysis.

Vaneless Space Ratio The flow unsteadiness at the exit of the impeller is reduced across the vaneless space
due to better mixing of circumferential distortions. The vaneless space ratio usually varies from 1.05 to 1.25.
Decreasing the vaneless space ratio beyond 1.05 will result in increased vibration and noise levels [19].
Rogers [38] evaluated the performance of the centrifugal compressor with channel diffuser for four differ-
ent vaneless space ratio namely 1.035, 1.125, 1.180 and 1.215. He observed that maximum compressor effi-
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ciency was achieved with a vaneless space ratio of 1.125. The losses within the diffuser apparently increased
when the vaneless space ratio departed from optimum value of 1.125.

Ziegler [46] studied the impeller-diffuser interaction for different vaneless space ratios through laser-2-
focus velocimeter measurements. He varied the vaneless space ratio from 1.04 to 1.18 for two different vane
setting angles. He observed that the total pressure loss is two points better for vaneless space ratio of 1.04
when compared to 1.18. He recommended using small vaneless space ratio for applications with narrow
operating range [47].

Figure (5.6) shows the variation in Total-to-Total efficiency of MTT Compressor with channel diffuser for
different channel numbers and vaneless space ratios using one-dimensional performance prediction tool
for inlet conditions Py; = 0.98 [bar] and Tp; = 296.4 [K]. It can be observed that the maximum efficiency
is achieved at vaneless space ratio of 1.10 for a channel diffuser with 20 vanes and divergence angle of 22
[deg]. Reducing the vaneless space ratio below 1.10 is geometrically infeasible for MTT compressor. For
channel diffusers with a divergence angle of 11 [deg] and the number of vanes greater than 11, the influence
of vaneless space ratio on performance is negligible.

Therefore, from above observations, a vaneless space ratio of 1.10 was utilised for designing MTT vaned
diffuser.
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Figure 5.6: Variation in 7 for MTT Compressor with Vaned Diffuser Analyzed using One-Dimensional Performance Prediction Tool

Vane Number The vane numbers or channel numbers (Zp) play a predominant role in determining the
diffuser size and efficiency. Large vane numbers assist in gradual diffusion, however, the losses due to skin
friction and blockage may overcome the advantages of gradual diffusion. Boyce [30] suggested that the num-
ber of vanes should be less than the number of impeller blades (Z;) to avoid the possibility of vane channel
getting blocked by impeller wake. The preferred choice of Aungier [27] was Zp = Zj+1 and satisfying the
criterion 10 = Zp < 20. Rodgers [38] evaluated the performance of vaned diffuser for different vane number
while keeping the throat area constant. He observed that the number of vanes did not affect the performance
of the vaned diffuser as long as the throat area was kept constant.

The throat area for MTT vaned diffuser is calculated using one-dimensional performance prediction tool
as explained in Chapter (2). Since the throat is situated at the inlet of a channel, the number of vanes within a
channel diffuser can be modified without varying the throat area. The performance of MTT compressor with
a channel diffuser was evaluated for two different vane numbers 13 and 20. The choice of the vane numbers
was motivated from the observation of Aungier and Figure (5.6). The same number of vanes were utilised
to evaluate the performance of MTT compressor with an LSVD using 3D CFD techniques. In the case of an
airfoil shaped vaned diffuser, the number of vanes is fixed for a given airfoil profile, vaneless space ratio and
throat area.

Vane Profile Dean [14] and Rodgers [38] observed that the vane profile had negligible difference in vaned
diffuser performance. However, Kmecl [48] [49] and Smith [50] proved that using proper aerodynamic profile
assisted in increasing the performance of the vaned diffuser. For MTT compressor, the performance of the
channel diffuser and the airfoil shaped vaned diffuser is evaluated using 3D CFD techniques.
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Vane Leading Edge Shape Casartelli [51] modified the leading edge shape of a circular arc vaned diffuser
and performed numerical and experimental analysis to evaluate its performance. He observed that the vane
with elliptical leading edge performed better when compared to the vane with a semi-circular leading edge.
Bammert [52] observed that staggering the vanes from hub to shroud (i.e., twisted vane) resulted in increasing
the operating range of the vaned diffuser along with its performance.

For MTT compressor, the performance of channel diffuser with a semi-circular leading edge is evaluated
using 3D CFD analysis. The performance of MTT compressor with an elliptical leading edge is not evaluated
due to its lower operating range. The performance of MTT compressor with twisted vanes is not evaluated in
this thesis.

Incidence Angle The vane leading edge incidence angle is an important parameter governing the perfor-
mance of the vaned diffuser. Rodgers observed a very small change in channel diffuser performance for the
incidence of +5 [deg]. Boyce [30] suggested that the diffuser vane should be set at an incidence angle of
—4 [deg] to accommodate the variations in fluid angle at the leading edge of the vane.

Though MTT compressor operates at constant RPM and mass flow rate, the variation in inlet conditions
alters the vaned diffuser inlet flow angle. The absolute flow angle at the inlet of vaned diffuser for inlet condi-
tions Py; = 0.8 [bar] and Ty = 263 [K] is = 60 [deg], whereas for Py; = 1.1 [bar], Tyo; =313 [K] is = 66 [deg].
Figure (5.7) shows the variation in vaned diffuser inlet flow angles for both the cases. In order to accommo-
date the inlet flow angle variations an airfoil with blunt leading edge (NACA 23012) was selected as the vane
profile for airfoil shaped vaned diffuser and LSVD.
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Figure 5.7: Variation in Velocity Triangle at Vaned Diffuser Inlet
for Two Different Inlet Conditions Figure 5.8: MTT Impeller with 20 Vanes Channel Diffuser

5.4. NUMERICAL MODEL

In order to perform an extensive 3D CFD analysis, various pre-processing steps like geometry creation, grid
processing and solver setup has to be performed. This section presents all the pre-processing steps required
to perform a 3D CFD analysis for MTT Centrifugal Compressor with a vaned diffuser.

5.4.1. GEOMETRY

The geometry for the impeller and diffuser was designed using Ansys BladeGen. The geometrical dimensions
(Table 4.1) were provided by MTT. CATIA V5 was utilised to create the geometry of the vaned diffuser. Figure
(5.8), (5.4) and (5.5) shows the geometry of channel diffuser, airfoil shaped vaned diffuser and LSVD designed
for MTT compressor. The various geometrical parameters utilized to design the vaned diffuser is shown in
Table (5.2).
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Table 5.2: Geometrical Parameter of MTT Vaned Diffuser

Parameters CD ASVD LSVD  Units
Vaneless Space Ratio 1.10 1.10 1.10 [-1
Number of Vanes, (Zp) 13,20 13 13,20 [-]
Incidence Angle 0.0 0.0 0.0 -1
Throat Area 173 173 NA  [mm?]
Area Ratio 0.6 0.6 0.6 [-]

Divergence Angle, (26,) 11,15,18,21 NA NA [deg]

5.4.2. GRID GENERATION

Ansys ICEM CFD meshing tool was utilised to create a structured grid using H-Grid, O-Grid and C-Grid
topologies. Figure (5.9) and (5.10) shows the grid along the vanes of a channel and an airfoil shaped vaned dif-
fuser respectively. As similar blocking strategy was utilised for all the vaned diffuser designs, mesh sensitivity
analysis was not performed. The non-dimensional wall distance, Y was maintained below 5, the equiangle
skewness was maintained below 0.75 and the 3x3x3 determinant was maintained above 0.75 for all the results
presented in this chapter.
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Figure 5.10: Grid Along the Leading Edge of
Airfoil Shaped Vaned Diffuser

Figure 5.9: Grid Along Channel Diffuser for MTT Compressor

5.4.3. SOLVER

Commercial tool Ansys CFX 17.1 was utilised to perform the 3D CFD simulations for MTT Compressor with
Vaned Diffuser. As described in Chapter (4), RANS k — w SST turbulence model was utilized to perform the
3D CFD analysis. The convergence criteria, where the RMS residuals reach below 1e~° was utilised.

5.5. RESULTS

3D CFD analysis for MTT compressor with different vaned diffuser designs was performed for inlet boundary
conditions, Py; = 0.98 [bar] and Ty; = 296.4 [K]. Initially, The performance of MTT compressor with three
different types of the vaned diffuser is presented in this section. Followed, The 1D analysis results for channel
diffuser is validated against 3D CFD results to determine the prediction accuracy of the 1D model. Finally,
the performance of the vaned diffuser with positive pre-whirl at compressor inlet is shown.

5.5.1. CHANNEL SHAPE VANED DIFFUSER

The performance of MTT compressor with five different configurations of channel diffuser was analysed us-
ing 3D CFD analysis. The five configuration can be categorised using two geometrical parameters namely
divergence angle and vane number.

Constant Divergence Angle The performance of channel diffuser for two different vane number at constant
divergence angle (20, = 11 [deg]) was evaluated. Figure (5.11) and (5.12) shows the Mach number contour for
channel diffuser with 13 vanes and 20 vanes respectively. It can be observed that increasing the vane numbers
reduces the wake region at an expense of increased skin friction.
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9.982e-001
7.486e-001
4.991e-001
2.495e-001
1.000e-015
Figure 5.11: Mach Number Contour Across 13 Vane Figure 5.12: Mach Number Contour Across 20 Vane
Channel Diffuser with Divergence Angle of 11 [deg] at Channel Diffuser with Divergence Angle of 11 [deg] at
Mid-Span Mid-Span

Constant Vane Number The performance of the 13 vane channel diffuser with four different divergence
angle namely 11, 15, 18 and 21 [deg] was evaluated using 3D CFD analysis. Figure (5.11), (5.13), (5.14) and
(5.15) shows the Mach number contours at mid-span along the vanes with divergence angle of 11, 15, 18 and
22 [deg] respectively. It can be observed that the increase in divergence angle reduces the wake region at the
trailing edge of the vane but leads to flow separation along the vane’s pressure side.

Figure 5.13: Mach Number Contour at Figure 5.14: Mach Number Contour at Figure 5.15: Mach Number Contour at
Mid-Span Across 13 Vanes Channel Diffuser Mid-Span Across 13 Vanes Channel Diffuser Mid-Span Across 13 Vanes Channel Diffuser
with divergence angle of 15 [deg] with divergence angle of 18 [deg] with divergence angle of 21 [deg]

Figure (5.16) shows the nrr of MTT compressor with five different channel diffuser designs. It can be
observed that the 13 vanes channel diffuser with a divergence angle of 11 [deg] performance better when
compared to all the other variants.



54 5. DESIGN AND 3D NUMERICAL ASSESSMENT OF COMPRESSOR WITH VANED DIFFUSER

85 :
o)
N ©
: : N © =
80| 2 ] & = ] il
= N S
- )
& o ) o =2 o)
781 — o~ o~ B 80 |- 1 ) N 8
© D~ 0
8 ac B 2| e
~ &~ <Q ™~ ] ™ .
76| ] S <
~
~
=
24 75 H B
72+ B
70 1 T T T T
70 1 1 T T 1 AN A N° N° B
//\\ //\\ //\5 //\% 47,\ ¢ QC ¢ QC ¢ QC eﬁvgo 65‘60
© © Qc 0 v v v o
< o N o G et qan® oY oV ol ol ol
N > > > >

Figure 5.16: Performance of MTT Compressor for Five fespcrplniD

Different Channel Diffuser Configurations
Figure 5.17: Performance of MTT Compressor for Five Different Channel
Diffuser Configurations

Validation of 1D results with 3D CFD results Figure (5.17) compares the 7 of MTT compressor with
vaned diffuser predicted using one-dimensional performance prediction tool and 3D CFD analysis. It can
be observed that for cases with flow separation along the channel, the performance prediction of the 1D
tool is inaccurate when compared to 3D CFD results. The possible reason for the difference in results of 1D
analysis and 3D CFD analysis is the incapability of the 1D model to evaluate losses due to the boundary layer
separation. The maximum difference in 1 predicted using 1D analysis and 3D CFD results is = 5%.

5.5.2. AIRFOIL SHAPED VANED DIFFUSER

As discussed in Section (5.3), an airfoil with blunt leading edge was selected to accommodate the variation
in the inlet flow angle at the vaned diffuser inlet for different operating conditions. Figure (5.18) shows the
Mach number contour of the airfoil shaped vaned diffuser at the mid-span. It can be observed that the region
of wake has been reduced comprehensively for airfoil shaped vaned diffuser when compared to channel dif-
fuser. Figure (5.19), compares the n of MTT compressor with channel diffuser and MTT compressor with an
airfoil shaped vaned diffuser. It can be observed that = 1% increase in 177 can be achieved by replacing the
channel diffuser with an airfoil shaped vaned diffuser for MTT compressor.
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Figure 5.19: Comparison of MTT
Compressor Performance with Channel
Figure 5.18: Mach Number Contour Across 13 Vane Channel Diffuser at  Diffuser and with Airfoil Shaped Vaned
Mid-Span Diffuser
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5.5.3. Low SOLIDITY AIRFOIL SHAPED VANED DIFFUSER (LSVD)

Figure (5.20) and (5.21) shows the Mach number contour for airfoil shaped low solidity vaned diffuser at the
mid-span. It can be observed that the region of the wake is lower for 13 vanes LSVD when compared to 20
vanes LSVD. As the distance travelled by the flow across the low solidity vaned diffuser is comprehensively
lower when compared to a vaneless diffuser, the performance of the compressor is increased as shown in
Figure (5.22). However, for the LSVD with 20 vanes, the advantages due to the shorter flow path is alleviated
by the losses due to the skin friction from vanes resulting in poor performance. As discussed in Section (5.2),
the performance of the 13 vanes LSVD is between the vaneless diffuser and the 13 vanes ASVD.
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Figure 5.20: Mach Number Contour Across 13 Airfoil Shaped Figure 5.21: Mach Number Contour Across 20 Airfoil Shaped
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Figure 5.22: Comparison of MTT Compressor’s Performance with

Different Diffuser Configurations Figure 5.23: Comparison of MTT Compressor’s Performance with

Vaneless Diffuser and with Airfoil Shaped Vaned Diffuser for 0
[deg] Pre-whirl and 25 [deg] Pre-whirl

5.5.4. EFFECT OF PRE-WHIRL ON MTT COMPRESSOR FLUID-DYNAMIC PERFORMANCE

The performance of MTT compressor with vaneless diffuser and with vaned diffuser is finally analysed with
and without positive pre-whirl at the compressor inlet. It can be observed that replacing the vaneless diffuser
with airfoil shaped vaned diffuser and providing a positive pre-whirl of 25 [deg] at compressor inlet results in
increasing the performance of the MTT compressor by = 5%, as shown in Figure (5.23). From the compres-
sor’s nr and CHP units’ n,; relation discussed in Chapter (1), the vaneless diffuser with airfoil shaped vaned
diffuser and providing a positive pre-whirl of 25 [deg] at compressor inlet results in increasing the electrical
efficiency of the MTT CHP system by = 2.2%.






CONCLUSIONS AND RECOMMENDATIONS

Distributed generation (DG) is one of the options for a more efficient and sustainable use of fossil fuels as
energy source. Among the various technologies which are currently proposed for DG, micro combined heat
and power could play a significant role because of its compact size, a small number of moving parts and lower
noise, leading to reduced environmental impacts during energy conversion.

In this study, the recuperated micro gas turbine developed by the Dutch company Micro Turbine Tech-
nology B.V. (MTT) has been utilised as an illustrative example. The MTT micro turbine delivers electrical and
thermal power output up to 3 and 15 kW, respectively, and will be primarily applied in micro CHP units for do-
mestic dwellings. The MTT micro gas turbine compressor consists of a commercial off-the-shelf automotive
turbocharger impeller to reduce manufacturing cost. However, adopting the turbocharger impeller for micro
gas turbine applications mostly results in operating the compressor at off-design conditions, thus reducing
its performance. A cycle study of the MTT recuperated micro gas turbine has been carried out in order to as-
sess the impact of the centrifugal compressor performance on the system performance. The analysis proved
that the system net electrical conversion efficiency can increase by about 0.4% for every 1% increase in the
compressor isentropic efficiency.

In line with the objectives of this research as stated in Chapter 1, the main conclusions of the work pre-
sented in this thesis are summarized as follows:

* The incidence at the inlet of the impeller played a significant role in reducing the performance of the
MTT compressor. The adoption of turbocharger impeller for MTT compressor was the primary reason
for the reduction in MTT compressor performance. However, the losses due to incidence were miti-
gated at the expense of pressure ratio by providing a positive pre-whirl at the impeller inlet. The losses
in MTT compressor was further mitigated by replacing a vaneless diffuser with a vaned diffuser.

* Optimisation of MTT compressor with a vaneless diffuser (OCVLD) was performed to determine the
significance of other geometrical parameters on MTT compressor performance. Apart from the blade
angle atimpeller inlet, radius at inducer hub, radius at inducer tip, radius at impeller tip and the diffuser
type also played a substantial role in reducing the performance of the MTT compressor. However,
incorporating OCVLD or OCVD designs are not cost effective options for MTT as a new compressor
scroll has to be designed to accommodate the optimised impeller.

* Thus, The most cost effective option for the MTT compressor is to incorporate pre-whirl and vaned
diffuser with existing turbocharger impeller. Approx. 2.2% increase in electrical efficiency for MTT
CHP unit can be achieved by incorporating a positive pre-whirl of 25 [deg] and an airfoil shaped vaned
diffuser.

6.1. RECOMMENDATIONS
The work described in this thesis left many open issues of interest for future research activities:

* The inlet pipe located upstream of the impeller, as well as the volute, have to be included in the mean-
line analysis, in order to achieve a better insight on the flow field and of their mutual influence.

57



58

6. CONCLUSIONS AND RECOMMENDATIONS

* The performance prediction of MTT compressor with a vaned diffuser at vane divergence angle (6.)
above 5.5 [deg] is not satisfactory. The primary reason for the poor prediction is the incapability of the
meanline model to evaluate losses due to flow separation within the vane channel. Thus, modeling
flow separation loss across vane channel at higher vane divergence angle is necessary to increase the
prediction accuracy of the 1D meanline tool.

* Unsteady CFD investigations of the best-vaned diffuser can be performed to analyze the impeller-
vaned diffuser interaction.

* A "multi-point" vane shape optimisation has to be carried out in order to optimise the vaned diffuser
for a wider range of operating conditions.
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