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PREFACE

Ever since I was a child, as far back as the second or third grade, if anyone asked me what would I have liked
to be when I grew up, I would have always answered the same thing: “I want to be an aeronautical engineer”.
Some time has passed now, but my answer is still the same. This is the reason why I chose to come to study at
TU Delft, and the reason I chose this faculty.

With this work I hope to conclude this journey and finally fulfill my dream.

Frederick Verweij
Delft, September 2023
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ABSTRACT

The need for more efficient aircraft has led to the conception of innovative engine configurations, such as the
combined-cycle engine proposed by Delft University of Technology or the Water-enhanced turbofan developed
by MTU and Pratt & Whitney. The evaluation of the potential benefits of these novel engine concepts requires
detailed performance studies considering weight and drag penalties as figures of merit. At present, no weight
estimation tools with sufficient level of accuracy and flexibility are publicly available, apart from WATE++, a
tool developed by NASA. However, this software is subject to export control restrictions and cannot be used
outside the USA. For this reason, the development of a new component-based preliminary engine design tool,
"Weight EStimation of gas Turbine engines" (WEST), was started. The goal of WEST is to predict the weight of
novel engine architectures with a reasonable level of accuracy, accounting for design parameters like turbine
inlet temperature, overall pressure ratio, mass flow rate, and turbomachinery configuration, with a minimal set
of geometry inputs specified by the user. A previous work demonstrated that WEST can effectively predict the
weight of turbofan gas generators. As only the main components are modeled, the WEST estimates account for
approximately 70−90% of the actual engine weight.

The capabilities of WEST were expanded in this study to allow for the design of small-scale turboshaft
engines. To this purpose, a methodology to design radial compressor disks was implemented, and successfully
verified against FEM results. Regarding the modeling of the complete turboshaft, it was found that the
predictions of the tool account for only 60− 70% of the actual engine weight. Such result was, however,
expected, as WEST does not take into account the particle separator and the integrated gearbox, which may
account for up to 30% of the engine’s total weight.

vii





CONTENTS

Abstract vii

List of Figures xiii

List of Tables xvii

Nomenclature xix

1 Introduction 1
1.1 Component-Based Weight Estimation Methods. . . . . . . . . . . . . . . . . . . . . . . . . . 2

1.1.1 WEST . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 2
1.2 Research Aim . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 2
1.3 Impact . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 3

2 Aspect Ratio of Axial Compressor Blades 5
2.1 Background . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 5
2.2 Analysis Procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 7

2.2.1 CFD - Based Approach . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 8
2.2.2 Geometry generation based on meanline design. . . . . . . . . . . . . . . . . . . . . . 9
2.2.3 CFD analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 9
2.2.4 Blade Number . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 9
2.2.5 Inputs . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 10

2.3 Optimization Case Studies . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 10
2.3.1 Optimization Strategy . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 12

2.4 Results . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 14
2.4.1 Meanline-based Loss Models . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 14
2.4.2 Discussion . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 16

2.5 Conclusions. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 17

3 Modelling of Radial compressors 19
3.1 Flow Path Design . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 19

3.1.1 Meanline Design . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 19
3.1.2 Inputs . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 20
3.1.3 Velocity Triangles . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 22
3.1.4 Thermodynamic calculation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 23
3.1.5 Blade Angles and Blade Count . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 25
3.1.6 Impeller Geometry. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 26
3.1.7 Vaneless Diffuser Geometry . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 26
3.1.8 Vaned Diffuser Geometry . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 27
3.1.9 Diffuser Vane Geometry . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 28
3.1.10 Flowpath Shape . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 28
3.1.11 Blade Angle Distribution . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 29
3.1.12 Impeller Blade Shape Generation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 29
3.1.13 Blade Thickness . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 31
3.1.14 Validation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 31

3.2 Disk Design . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
3.2.1 Design Procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
3.2.2 Stress Criteria . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
3.2.3 Disk Geometry . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 34
3.2.4 Inputs . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 35
3.2.5 Bounds and Constraints . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 35
3.2.6 Objective Function. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 35

ix



x CONTENTS

3.3 Disk Stress Analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 36
3.3.1 Background . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 36
3.3.2 Stress Analysis Method. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 37
3.3.3 Blade Thickness Adjustment . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 41
3.3.4 Disk Temperature Distribution. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 42
3.3.5 Mechanical Stress Validation. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 43
3.3.6 Thermal Stress Validation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 44
3.3.7 Combined Effect of Thermal and Centrifugal Stresses - Model Validation . . . . . . . . . 47
3.3.8 Sensitivity Analysis. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 48
3.3.9 Adaptation of The Method for Axial Turbomachinery Disks . . . . . . . . . . . . . . . . 48
3.3.10 Comparison Between the Methods . . . . . . . . . . . . . . . . . . . . . . . . . . . . 49

3.4 Casing Design. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 51
3.4.1 Casing Geometry. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 51
3.4.2 Casing Thickness . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 52
3.4.3 90o Bend . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 53

4 Modelling of Turboshaft Engines 55
4.1 Return Channel . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 55
4.2 Reverse Flow Combustor . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 58

4.2.1 De-swirler . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 60
4.2.2 Dome and Injectors . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 60
4.2.3 Casing and Liner . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 60

4.3 Other Design Features . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 60
4.3.1 Shrouded Turbine . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 60
4.3.2 Blisks. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 62
4.3.3 Turbine Outlet Frame . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 63

4.4 Gearbox Weight Estimation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 63
4.5 Weight Estimation Validation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 64

4.5.1 MTU Turbomeca Rolls-Royce MTR390 . . . . . . . . . . . . . . . . . . . . . . . . . . . 65
4.5.2 General Electric T700 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 70

4.6 Sensitivity Analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 75
4.6.1 Mass Flow Rate. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 75
4.6.2 Overall Pressure Ratio . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 77
4.6.3 Turbine Inlet Temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 79

5 Conclusions and Recommendations 83
5.1 Aspect Ratio Of Axial Compressor Blades . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 83
5.2 Modelling of Radial Compressors . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 84
5.3 Modelling of Turboshaft Engines . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 84
5.4 Recommendations . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 85

5.4.1 Possible extensions of the tool . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 85
5.4.2 Method Improvements. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 86
5.4.3 Computational costs . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 87

A Meanline Loss Model for Axial Compressors 89
A.1 Pressure Loss Breakdown . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 89

A.1.1 Profile Losses . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 89
A.1.2 Secondary Losses . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 90
A.1.3 End Wall Losses . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 91
A.1.4 Shock Wave Losses . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 91
A.1.5 Tip Clearance Losses . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 91

B Tip diameter ratio of a radial compressor given the meanline input parameters 93

C Stress Analysis Calculation Procedure 95

D Weight of arbitrary shaped ducts and casings 97



CONTENTS xi

E Extended results 99
E.1 MTR390 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 99

E.1.1 First Stage Compressor. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 99
E.1.2 Second Stage Compressor . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 100

E.2 T700 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 101
E.2.1 Radial Compressor . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 101

Bibliography 103





LIST OF FIGURES

2.1 Qualitative plot of the correlation between work coefficient and aspect ratio [1] . . . . . . . . . . 6
2.2 The trend in compressor geometry with time [2] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 6
2.3 Optimal aspect ratio variation with thickness-to-height ratio [3] . . . . . . . . . . . . . . . . . . . 7
2.4 Compressor aspect ratio variation with span from Greitzer et al. [4] . . . . . . . . . . . . . . . . . 7
2.5 Flow chart of the optimization procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 8
2.6 3D plot of the compressor blades with AR = 1.5, rotor in red, stator in blue . . . . . . . . . . . . . 12
2.7 3D plot of the compressor blades with AR = 3, rotor in red, stator in blue . . . . . . . . . . . . . . 12
2.8 Set of aspect ratios analysed as part of one of the optimizations (ψ= 0.35, φ= 0.6, AR0 = 1.5) . . 12
2.9 Trend of stage efficiency with blade aspect ratio by To et al. [3] . . . . . . . . . . . . . . . . . . . . 12
2.10 Comparison of the results obtained with the full optimization method and the fitting of seven

data points with a forth degree polynomial . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 13
2.11 Comparison of the results obtained with the full optimization method and the fitting of seven

data points with a forth degree polynomial (zoom-in close to the optimum) . . . . . . . . . . . . 13
2.12 Optimal aspect ratio results of the gradient based optimization (optimization method) and the

polynomial fit (interpolation method) . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 13
2.13 Optimal aspect ratio results of the gradient based optimization (optimization method) and the

polynomial fit (interpolation method) . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 13
2.14 Optimal aspect ratio results for the set of optimizations for φ= 0.5 . . . . . . . . . . . . . . . . . . 14
2.15 Efficiencies corresponding to the optimal aspect ratio results for the set of optimizations for

φ= 0.5 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 14
2.16 Optimal aspect ratio results for the set of optimizations for φ= 0.6 . . . . . . . . . . . . . . . . . . 14
2.17 Efficiencies corresponding to the optimal aspect ratio results for the set of optimizations for

φ= 0.6 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 14
2.18 Breakdown of the loss contributions obtained with the set of loss models . . . . . . . . . . . . . . 15
2.19 Plot of the optimal aspect ratios and corresponding efficiencies obtained with the gradient based

optimization, polynomial fit and loss models . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 15
2.20 Effect of aspect ratio on blade root stress if the number of blades is calculated based on aspect ratio 16
2.21 Optimal aspect ratio if solidity is determined through Lieblein’s criterion. . . . . . . . . . . . . . . 17

3.1 Meanline design flowchart . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 20
3.2 Radial impeller velocity triangles [5]. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 22
3.3 plot showing the compression process in a radial compressor stage on the h-s diagram [5]. . . . 23
3.4 Illustration of the effect of slip on the impeller outlet velocity triangle . . . . . . . . . . . . . . . . 25
3.5 Schematic of the compressor stage geometry with the relevant diameters [5] . . . . . . . . . . . . 26
3.6 Vaneless diffuser lenght against stage pressure ratio, in the plot what is referred to as D3 corre-

sponds to the vaneless diffuser outlet diameter D2,s [6] . . . . . . . . . . . . . . . . . . . . . . . . . 27
3.7 Vaned diffuser lenght against stage pressure ratio, in the plot what is referred to as D4 corresponds

to the vaned diffuser outlet diameter D3 [6] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 27
3.8 Example of a generated diffuser vane with α2s = 74.4o and α2s = 46.8o . . . . . . . . . . . . . . . . 28
3.9 Example of a generated diffuser vane with α2s = 70o and α2s = 44o . . . . . . . . . . . . . . . . . . 28
3.10 Control points of the Bezier curves used to generate the tip (blue) and hub (red) geometry of the

impeller meridional flow path . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 29
3.11 Example of a blade angle distribution along the impeller flow path generated using Bezier curves 29
3.12 Example of the meridional flow path shape generated using Bezier curves . . . . . . . . . . . . . 29
3.13 Illustration of the coordinate conversion for the hub or tip 3D blade profiles . . . . . . . . . . . . 30
3.14 Blade thickness vs. height at station 1 [7, 8] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 31
3.15 Blade thickness vs. height at station 2 [7, 8] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 31
3.16 Meridional flow path plot . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 32
3.17 Example of the 3D shape of the impeller with blades . . . . . . . . . . . . . . . . . . . . . . . . . . 32

xiii



xiv LIST OF FIGURES

3.18 Front view of the 3D blades (vaned diffuser blades are plotted in blue) . . . . . . . . . . . . . . . 32
3.19 Disk design flowchart . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
3.20 "A" type disk . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 34
3.21 "B" type disk . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 34
3.22 Representation of the bladed impeller: (a) sectional view, (b) replacement by a system of concen-

tric stepped rings. [9] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 36
3.23 Thermal stress distribution of the impeller for different inlet conditions [10] . . . . . . . . . . . . 37
3.24 Sketch of an element of the discretized disk . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 38
3.25 Coordinate system and geometry of an element discretizing the impeller. . . . . . . . . . . . . . . 38
3.26 displacement and strain of a volume element [11] . . . . . . . . . . . . . . . . . . . . . . . . . . . . 39
3.27 Equilibrium of a volume element of the compressor (blade and disk) [11] . . . . . . . . . . . . . . 39
3.28 Geometry of the disk and blades as ’seen’ by the stress analysis method of the impeller of the first

stage radial compressor from the paper by A.Giuffrè et al. [12] . . . . . . . . . . . . . . . . . . . . 42
3.29 Blade thickness correction applied to the impeller of the first stage radial compressor from the

paper by A.Giuffrè et al. [12] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 42
3.30 Example of the radial temperature distribution on an impeller disk (T700 radial compressor

stage, section 4.5.2) . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 43
3.31 Radial compressor stage model . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 43
3.32 Discretization scheme of the disk using 100 slices . . . . . . . . . . . . . . . . . . . . . . . . . . . . 43
3.33 Calculated radial stress distribution compared to the result given by Ray et.al. [9] . . . . . . . . . 43
3.34 Calculated tangential stress distribution compared to the result given by Ray et.al. [9] . . . . . . 43
3.35 Discretization scheme of the disk using 100 slices . . . . . . . . . . . . . . . . . . . . . . . . . . . . 44
3.36 Calculated radial stress distribution compared to the result given by Ray et.al. [9] . . . . . . . . . 44
3.37 Calculated tangential stress distribution compared to the result given by Ray et.al. [9] . . . . . . 44
3.38 Discretization scheme of the disk using 100 slices . . . . . . . . . . . . . . . . . . . . . . . . . . . . 44
3.39 Calculated radial stress distribution compared to the result given by Ray et.al. [9] . . . . . . . . . 44
3.40 Calculated tangential stress distribution compared to the result given by Ray et.al. [9] . . . . . . 44
3.41 Discretization scheme of the disk using 100 slices . . . . . . . . . . . . . . . . . . . . . . . . . . . . 44
3.42 Calculated radial stress distribution compared to the result given by Ray et.al. [9] . . . . . . . . . 44
3.43 Calculated tangential stress distribution compared to the result given by Ray et.al. [9] . . . . . . 44
3.44 Model of the compressor in ANSYS mechanical . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 45
3.45 Model of the compressor reproduced using the program . . . . . . . . . . . . . . . . . . . . . . . . 45
3.46 Boundary conditions specified for the thermal calculation . . . . . . . . . . . . . . . . . . . . . . 46
3.47 temperature distribution in the compressor disk . . . . . . . . . . . . . . . . . . . . . . . . . . . . 46
3.48 radial temperature distribution in the compressor disk . . . . . . . . . . . . . . . . . . . . . . . . . 46
3.49 Von Mises stress contour in the impeller disk calculated with the simplified method . . . . . . . 46
3.50 Von Mises stress contour in the impeller disk . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 46
3.51 Von Mises stress distributions on the front and back of the impeller disk . . . . . . . . . . . . . . 47
3.52 Von Mises stress distribution at the hub of the impeller disk . . . . . . . . . . . . . . . . . . . . . . 47
3.53 Von Mises stress contour in the impeller disk calculated with the simplified method . . . . . . . 47
3.54 Von Mises stress contour in the impeller disk . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 47
3.55 Von Mises stress distributions on the front and back of the impeller disk . . . . . . . . . . . . . . 47
3.56 radial compressor stage model . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 48
3.57 Maximum Von Mises stress radial distribution for different volume element numbers . . . . . . 48
3.58 axial turbine stage . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 50
3.59 stress and temperature distribution in the turbine stage disk . . . . . . . . . . . . . . . . . . . . . 50
3.60 Illustration of the simplified Geometry of the radial compressor stage casing modelled by WEST 52

4.1 return channel geometry and design parameters [13] . . . . . . . . . . . . . . . . . . . . . . . . . . 56
4.2 return channel vane shape [14] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 56
4.3 Return channel geometry . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 56
4.4 example return channel designed following this procedure . . . . . . . . . . . . . . . . . . . . . . 57
4.5 vane geometry of the return channel . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 57
4.6 Combustor geometries from Grieb [6] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 58
4.7 Schematic diagram of the developed combustor by Khandelwal et.al. [15] . . . . . . . . . . . . . 58
4.8 Reverse flow burner geometry . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 59



LIST OF FIGURES xv

4.9 Centrifugal force acting on the turbine shroud . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 61
4.10 GE T700 free power turbine with shrouded blades . . . . . . . . . . . . . . . . . . . . . . . . . . . . 62
4.11 GE T700 free power turbine with unshrouded blades . . . . . . . . . . . . . . . . . . . . . . . . . . 62
4.12 GE T700 axial compressor with blisks . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 63
4.13 GE T700 axial compressor with regular webbed disks . . . . . . . . . . . . . . . . . . . . . . . . . . 63
4.14 Correlation provided by Brown et al. [16] . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 64
4.15 Correlation provided by Hendricks and Tong [17] . . . . . . . . . . . . . . . . . . . . . . . . . . . . 64
4.16 Cross-section of the MTR390 engine from Grieb [18] . . . . . . . . . . . . . . . . . . . . . . . . . . 65
4.17 Overview of the components of the MTR390 model realized with WEST . . . . . . . . . . . . . . . 65
4.18 Mechanical design results of the MTR390-2C turboshaft engine . . . . . . . . . . . . . . . . . . . 69
4.19 Overlay of MTR390-2C actual and WEST cross-sections [18] . . . . . . . . . . . . . . . . . . . . . . 69
4.20 Overview of the components of the T700 model realized with WEST . . . . . . . . . . . . . . . . . 70
4.21 Cross-section of the T700 engine from Grieb [18] . . . . . . . . . . . . . . . . . . . . . . . . . . . . 70
4.22 Mechanical design results of the GE-T700 turboshaft engine . . . . . . . . . . . . . . . . . . . . . 74
4.23 Overlay of GE-T700 actual and WEST cross-sections [18] . . . . . . . . . . . . . . . . . . . . . . . . 74
4.24 Mechanical design results of the MTR390-2C turboshaft engine with ṁ = 0.75 ·ṁnomi nal . . . . 75
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1
INTRODUCTION

Recently, the focus of research in the field of new aircraft development has been on achieving higher efficiency.
As a result, numerous innovative aircraft configurations and engine designs have been proposed. However,
these novel architectures still require extensive and thorough feasibility assessment studies to determine with
reasonable accuracy their potential. Enhancing aircraft performance is crucial not only for a more sustainable
future but also from an economic perspective. Prior to the pandemic-induced lockdowns and border closures
in 2020, commercial aviation accounted for approximately 2.1% of global CO2 emissions and 12% of all
transport-related emissions (Air Transport Action Group (ATAG) [20]).

The margin of improvement in efficiency of conventional propulsion systems is limited [21]. To achieve
lower aircraft emissions, it becomes essential to explore novel engine configurations. One such endeavor is the
Airborne Energy Harvesting for Aircraft (ARENA) project [22], led by the Power & Propulsion group at Delft
University of Technology in collaboration with multiple OEM’s of the aerospace sector. This project aims at
developing a pioneering power generation system by, integrating a gas turbine with an organic Rankine cycle
system to recover energy from the gas turbine exhaust gases and convert it in additional electric power.

Component weight is a key parameter that profoundly influences aircraft performance. Therefore, when
embarking on the design of novel engine architectures, it becomes imperative to precisely estimate their
weight. This is vital for a comprehensive understanding of the engine’s potential performance.

As of now, there is a lack of publicly available tools that can be used for weight estimation of novel gas
turbine-based propulsion systems with the desired level of precision. In response to this gap, the development
of a component-based weight estimation tool for aeronautical gas turbine engines has been initiated. The
primary objective of this tool is to predict the weight of innovative engine architectures with a reasonable
degree of accuracy. This tool serves a crucial role within the ARENA project and will offer an open-source
alternative to existing non-publicly available component-based weight estimation tools [23].

This project is about improving and expanding the capabilities of WEST: a component-based weight
estimation tool for gas turbine engines developed by I.Boersma[23] during his master thesis project. Currently
the program (WEST) is only able to work with axial turbomachinery and still requires as inputs form the user
some low-level geometric input parameters of the engine, such as the aspect ratio of the compressor rotor and
stator blades.

The project’s main objectives are twofold:

• Improving the existing tool by incorporating an automated method to determine the optimal aspect ratio
for the blades of each compressor stage. This enhancement seeks to reduce the number of geometric
inputs required from the user, making the weight estimation process more efficient and user-friendly.

• Expanding the functionality of the tool by introducing the capability to design and analyze radial
compressor stages and other components. This extension will enable effective modeling of small to
medium turboshaft engines, the prime movers of the propulsion systems investigated in the ARENA
project.

By achieving these goals, the project aims at advancing the state-of-the-art of tools and methods devoted
to gas turbine engine weight estimation, facilitating more accurate and comprehensive assessments of novel
engine architectures and promoting further advancements in aeronautical engineering.

1



2 1. INTRODUCTION

1.1. COMPONENT-BASED WEIGHT ESTIMATION METHODS

The simplest methods for estimating the weight of turbine engines are based on single-equation models. While
these offer great computational efficiency, the simplified nature of the methods severely limits their accuracy
and flexibility; furthermore these methods are based on historical data of existing engines, and thus will not be
useful while trying to model a novel engine architecture. According to Lolis et al. [24] the accuracy of single
equation weight estimation models for turbofan engines varies between ±25% and ±50%, however no such
models are available for turboshaft engines.

Component-based weight estimation tools estimate the weight of each engine component separately.
These weights are then combined to obtain the weight of the entire engine.

A variety of component-based methods have been developed by many institutions in the past, such as
GTlab [25] developed by the German Aerospace Centre (DLR) and ATLAS [26] developed by Cranfield University.
The most relevant is WATE++ developed by NASA starting from 1979 with the historically-driven component
weight correlations by Onat and Klees [27]. At present, none of these methods are however publicly available.

In summary, the adoption of a component-based approach significantly enhances the versatility of the
methodology. Once the methodology is validated against data of existing engines, it can be applied to model
innovative engine designs. This approach yields practical, physically-based solutions, even for engines that are
entirely new and lack a closely related configuration. Consequently, these methods are applicable not only to
the analysis of existing engines but also to the assessment of and emerging technologies.

1.1.1. WEST
WEST is a component-based weight estimation tool developed specifically for gas turbine engines. Its purpose
is to "perform the preliminary sizing of aeronautical gas turbine engines and provide insights into the weight
trends concerning power capacity and design parameters like turbine inlet temperature (TIT), overall pressure
ratio (OPR), mass flow rate, number of stages, and the chosen turbomachinery configuration (axial, radial,
mixed, etc.)" [23].

The primary goal behind the development of WEST is to enable the estimation of the engine size and
weight given the cycle thermodynamic specifications and power capacity and with the minimum information
on the engine geometry to be provided by the user.

The WEST tool has been developed by I. Boersma in his thesis project. However, the tool has still some
relevant limitations. It can only work with axial compressors and turbines, thus limiting its use primarily to
conventional engines. Additionally, certain low-level geometrical inputs are still required from the user.

The objective of this project is to advance the software’s capabilities by reducing the number of geometrical
input parameters that need to be specified by the user. This enhancement aims to streamline the weight
estimation process further and increase the user-friendliness of WEST. Moreover, the project seeks to expand
the functionality of the tool to encompass a broader range of engines.

1.2. RESEARCH AIM

The findings reported by I.Boersma [23] show that statistically-derived single-equation weight estimation
models lack the required accuracy, sensitivity, and flexibility for novel gas turbine-based propulsion systems,
such as those investigated in the ARENA project. While component-based methods offer the needed accuracy,
their computational cost hinders their integration into system design and optimization studies.

Since no available tool meets the accuracy requirements, the development of a new component-based
preliminary engine design and weight estimation tool became necessary. The developed tool should accurately
reproduce existing engine designs for validation, while facilitating the generation of new designs, a key
objective of the ARENA project. The success of the tool depends on realistic component designs, as accurate
designs lead to reliable weight estimations for the engine as a whole.

The overall aim of the thesis research is to develop a knowledge base and a tool for performing the
preliminary sizing of aeronautical gas turbine engines, in particular for small to medium scale turboshaft
engines with radial compressor stages, as well as for predicting weight trends concerning power capacity, TIT,
OPR, mass flow rate, number of stages, and turbomachinery configuration (axial, radial, mixed, etc.).

A reasonable expectation for the accuracy of the WEST tool, as outlined by I.Boersma [23] in his work,
is, however, in the order of +10%/−40% of gas turbine engines weight. This level of accuracy is expected to
suffice for preliminary design studies of novel (very low TRL) engine concepts.



1.3. IMPACT 3

1.3. IMPACT
The WEST program, as an open-source tool, holds promising potential not only for research endeavors within
the TU Delft, such as the ARENA [22] project, but also for researchers worldwide in the field of aeronautical
engineering. By providing an accessible and reliable weight estimation tool, it may propel advancements in
novel propulsion system modelling and foster global collaborations. The impact of this component-based
weight estimation tool is far-reaching, offering valuable contributions to research focused on the design of
propulsion systems where engine weight is a critical factor.

Within the ARENA project, both turbofan and turboshaft engines are of importance, with a particular
focus on turboshafts. Turboshaft engines are gaining prominence due to their role played in hybrid-electric
propulsion, more-electric aircraft, and urban air mobility. However, compared to turbofans, the literature
on turboshaft design and weight estimation is relatively limited, lacking methods like the well-established
regression equations developed by Greitzer et al. [4] for conventional engines.

The absence of such equations for turboshafts emphasizes the need for a validated, component-based
turboshaft design tool like the WEST program. A precise component-based weight estimation tool like WEST
can also be used to create a set of regression equations like those discussed earlier that would make the weight
estimation of turboshaft engines even more computationally efficient.

Turboshaft engines have many applications in the fields of vertical takeoff and landing aircraft and urban
air mobility concepts. Designs such as the large tiltrotor vehicle platforms studied by Snyder et al. [28, 29] as
part of the NASA heavy lift rotorcraft systems investigation are some examples. At the same time, different
development projects on more-electric aircraftare going on such as the ECO-150 [30] and ONERA’s DRAGON
[31], both 150 passenger regional airliners, or NASA’s N3-X [32], a 300 passenger hybrid wing body. All
these designs feature electric or turbo-electric distributed propulsion, where a turboshaft engine is used to
generate the electrical power for the aircraft. It is thus clear how these types of project would benefit from
the development of a tool like WEST, especially as other tools are not openly available. The current battery
technology does not allow for a high enough energy density to make medium range aircraft fully electric. On-
board electric power generation will be still required. This task will be most likely carried out by a turboshaft
engine.

The aviation industry is witnessing an expanding range of potential applications for turboshaft engines.
To continuously advance research in these areas, the development of an engine preliminary design tool is
essential. Such a tool is not only vital for analyzing the evolving weight characteristics of the engine itself but
also for integration into multidisciplinary, system-level aircraft performance studies. This need is particularly
pressing for turboshaft applications, as previously discussed, where a dedicated tool currently does not exist.
However, the relevance extends to turbofan engines as well, despite the presence of similar programs.

Many aerospace researchers are currently left with the choice of resorting to lower-fidelity methods
or creating their own component-based models, as is the case with this thesis. These limitations either
compromise the quality of their specific research or lead to prolonged development and analysis times before
useful results can be obtained. Consequently, by open-sourcing the new weight estimation tool, the potential
impact of this development effort is greatly amplified.





2
ASPECT RATIO OF AXIAL COMPRESSOR

BLADES

WEST is envisioned as a preliminary design and component-based weight estimation method for turboma-
chinery, which only requires high level thermodynamic and design inputs to achieve its results; as of now,
however, in the case of axial compressors, some low-level geometrical inputs are still required by the user.

The aim of this chapter is to research possible ways of automatically determining the optimal aspect ratio
for the blades of each axial compressor stage, without relying on values guessed by the user.

Section 2.1 reports a brief overview of the available literature on the design criteria for the choice of
the aspect ratio of blades in axial compressors; an analysis was then performed using computational fluid
dynamics tools to gain a better understanding of the problem. This analysis is described in sections 2.2 through
2.5.

2.1. BACKGROUND

There is no conclusive information in the literature regarding the criteria for the choice of optimal aspect ratio
during the preliminary design phase of the stage of an axial compressor, neither there is information about the
relation between the optimal aspect ratio and the duty coefficients and the operating conditions of an axial
compressor stage.

Measurements conducted by Britsch et al.[33] and Fahmi [34] stage efficiency reduces by increasing the
blade aspect ratio whereas an increase in efficiency is observed by Smith [35] in a similar circumstance.

In the 2003 lecture series from the Von Karman Institute [1] it is suggested that the optimal aspect ratio
for a compressor stage may change depending on the work coefficient. In this lecture the author argues that,
based on historical data taken from real engines, the trend in modern engines is to have higher pressure ratios
across the single stages, thereby reducing the total number of stages in the engine despite the increasing overall
pressure ratio.

This can be achieved by increasing either the circumferential speed (UM ) or the work coefficient (Ψ) of the
stage, as proven by the following expression of the stage pressure ratio [Eq:2.1]:

Πst ag e =
[
Ψηi s

(
UMp

T1

)2 1

cP
+1

] γ
γ−1

(2.1)

Where T1 is the inlet total temperature of the stage.
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Figure 2.1: Qualitative plot of the correlation between work coefficient and aspect ratio [1]

Since increasing the circumferential speed may cause both structural problems and issues related to
supersonic flows, increasing the work coefficient is argued to be the best choice to obtain stages with higher
pressure ratios; in presenting this argument the author includes a diagram illustrating a qualitative inversely
proportional correlation between the work coefficient and aspect ratio [Fig:2.1]; this suggests that it may
be possible to determine the optimal aspect ratio for the blades in a compressor stage based on the duty
coefficients and operating conditions alone.

Historical data gathered by Bolam et al.[2] on the evolution of axial compressor geometries in aeronautical
engines from 1950 to 1990 show a clear trend in a gradual reduction of the average aspect ratio of compressor
blades and an increase of average loading with the introduction of more modern engines, which is aligned
with the previously discussed observation presented by Steinhardt [1].

Figure 2.2: The trend in compressor geometry with time [2]

In the paper by To et.al. [3] an in-depth analysis using loss models and CFD is performed on the effect of
aspect ratio on performance of so called low-aspect-ratio compressors. The paper also proposes an equation to
obtain the optimal aspect ratio as a function of the end-wall loss coefficient (ξewo) and the maximum-thickness
(of the blade profile) to height ratio of the blades ( tmax

h ) [Eq:2.2]; this analysis, however, was done with stage
blade counts based on constant solidity, but the method used to determine this solidity (and thus the blade
count) is not mentioned.

ARopt =
(
ξewo

kp
tmax

h

)0.5

(2.2)

The authors also found that an aspect ratio variation of ±0.1 around the optimum would yield a negligible
change in efficiency, meaning that the sensitivity of the performance of the compressor to aspect ratio changes
around the optimum is very low.
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Figure 2.3: Optimal aspect ratio variation with thickness-to-height ratio [3]

In the study conducted by Greitzer et al. [4] on the weight estimation of engine designs using WATE++, the
component-based weight estimation tool developed by NASA, the authors rely upon an empirical correlation
based on data from existing engines to determine the stage aspect ratio based only on the height of the blades.
Thus the aspect ratio only varies with the size of the engine [Fig2.4].

Figure 2.4: Compressor aspect ratio variation with span from Greitzer et al. [4]

Peters et al. [36] conducted a numerical study on the influence of compressor blade aspect ratio on profile
and secondary loss of an axial compressor stage and developed a new analytical model for these losses that
shows how increasing the aspect ratio while maintaining constant blade solidity and height causes an increase
in the profile losses while secondary losses decrease. This data shows the same trend reported in the paper
by To et al. [3] discussed earlier. The authors do not provide a general correlation, but the trend in the loss
components suggests that a point of minimum losses can be found.

The aim of this study is to use the data available from these studies in combination with a series of CFD
simulations todefine guidelines regarding the choice of the blade aspect ratio for compressor stages. This
knowledge may then be used to implement a simplified method to automatically determine the aspect ratio in
WEST without resorting to any input from the user.

2.2. ANALYSIS PROCEDURE
Based on the literature summarized above, especially the 2003 lecture series from the Von Karman Institute [1],
it is expected that i would be possible to find a correlation between the optimal aspect ratio for the rotor and
the stator of an axial compressor stage based only on the duty coefficients (with emphasis on the work factor
Ψ) and the operating conditions. This would make it possible to automatically determine the optimal aspect
ratios for a stage within WEST based on already the value set for the design variables of the stage without
having to rely upon additional user inputs.

In order to investigate the existence and the physical basis of this trend, it was chosen to proceed with a
series of CFD simulations on an exemplary compressor stage, following the procedure outlined in Figure 2.5,
to observe how the optimal aspect ratio varies while changing other design inputs of the stage.
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Figure 2.5: Flow chart of the optimization procedure

2.2.1. CFD - BASED APPROACH

The literature, specifically the information provided by Peter et al. [36] and E.Steinhardt [1] suggests that it is
possible to find a correlation between the duty coefficients of a compressor stage and the optimal aspect ratio.

To identify this correlation, a set of gradient-based optimizations of the aspect ratio will be performed for
an exemplary axial compressor stage, one for each combination of duty coefficients. This optimization process
study makes use of a CFD model to predcit the flow through the stage and the estimate of the polytropic
efficiency. The use of CFD analysis is preferred over simplified methods that rely on loss models, as it ensures
the best possible accuracy of the results. It should be noted that in low aspect ratio configurations, loss models
may not be able to accurately predict profile and endwall losses [3].

If the simulation results are deemed satisfactory and a clear correlation between the studied input parame-
ters (blade count, work coefficient, flow coefficient) and the optimal aspect ratio is observed, the data obtained
from these simulations could be utilized to generate Smith-like maps to be used within WEST.

Smith charts are graphical representations that allow for the prediction of compressor stage efficiency
based on the stage’s duty coefficients. These charts plot the compressor’s pressure ratio, flow coefficient, and
efficiency onto a single graph, allowing for quick and easy estimation of the stage’s performance [37]
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2.2.2. GEOMETRY GENERATION BASED ON MEANLINE DESIGN
To investigate the relationship between the design variables and the optimal aspect ratio, a meanline design
code was created using MATLAB following the same approach used in WEST by I. Boersma for axial machines
[23]. The MEANGEN meanline design tool was used to translate the designed flow path geometry in a format
that was then meshed using STAGEN. Finally, the resulting mesh was fed into the CFD solver MULTALL to
obtain the stage efficiency.

MEANGEN is a mean-line code used for turbomachinery design, and its results represent the input data
for STAGEN and MULTALL [38]. Although it can function as a standalone design code, in this work, it is used to
convert the data of the compressor stage designed by the MATLAB-based mean-line code into a format that
can be read by STAGEN. STAGEN, on the other hand, is a package used for generating blade geometry, and its
output can be used in the 3D, multistage, turbomachinery flow calculation program MULTALL [39, 40].

The use of Matlab as programming language for implementing the optimization procedure offers several
benefits, such as the utilization of the fmincon gradient-based multidisciplinary optimization package. Addi-
tionally, a method for interfacing Matlab scripts with MULTALL and its software package has already been
developed during the turbomachinery course, which can be easily adapted for the problem at hand.

Once all the design parameters of the compressor stage are set through the meanline design, a gradient-
based optimization of the polytropic efficiency of the stage can be performed to find the optimal aspect ratio.
The efficiency of a particular stage configuration is determined by running a CFD simulation of the stage using
MULTALL.

2.2.3. CFD ANALYSIS
MULTALL is a tool used for 3D flow calculations that was specifically developed for turbomachinery. It has
been continuously developed over several years and includes options to model the most common flow features
found in turbomachines. It can be used to predict the flow through axial flow machines and provides detailed
information on the machine’s efficiency, mass flow, pressure ratio, and flow field.

MULTALL was selected for this study because it is faster than most other CFD codes. It can produce
relatively accurate results in a relatively short time (10-15 minutes for a single stage) [40] on a conventional
laptop. Additionally, the software package consisting of MULTALL, MEANGEN, and STAGEN is designed to
work together, simplifying the setup of the optimzation study.

The initial simulations were conducted to determine the design variables that have the most significant
impact on the optimal aspect ratio, which are expected to be the flow coefficient and work factor based on Refs
[3, 36].

It is important to notice, as clearly visible in the flow chart provided in Figure 2.5, that the number of blades
for the stage is determined outside of the optimization loop, This means the number of blades is kept constant
during the whole optimization.

2.2.4. BLADE NUMBER
The meanline code requires the aspect ratio of the stage as an input for determining the number of blades, as it
uses the same procedure as used in WEST [23], where the optimal number of blades for the rotor and the stator
of the stage is calculated based on the velocity triangles, the hub and tip radii and the axial chord of the blades:

NB ,r otor = f (W1,W2,caxi ,rt i p ,rhub) (2.3)

NB ,st ator = f (V2,V3,caxi ,rt i p ,rhub) (2.4)

Given that the velocity triangles and the radii can be completely derived from the duty coefficients and
inlet flow characteristics, which are already required inputs of the design procedure, equations 2.3 and 2.4 can
be re-written as follows.

NB ,− = f (i nput s, AR) (2.5)

i nput s = (φ,Ψ,R,Ω, p0,T0,Um,max ) (2.6)
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The axial chord can be expressed as

caxi =
bav g

ARaxi
, ARaxi = f (AR,θs ) (2.7)

where θs is the bade stagger angle, which can be derived based on the inputs alone.

It is thus clear how the number of blades, being a finite integer, may interfere with the gradient-based
optimization of the aspect ratio, as each analyzed aspect ratio may lead to a different optimal number of blades,
severely impacting the convergence of the optimization and the significance of the results; for this reason, the
number of blades is determined based on a first guess of the aspect ratio at the beginning of each optimization,
and the optimization is repeated for different blade numbers.

In the following sections it will be shown how this interdependence between the number of blades and the
aspect ratio make it difficult define guidelines for the choice of the aspect ratio of the blades.

2.2.5. INPUTS

The inputs needed to determine the geometry of the stage are listed in Table 2.1. Most of the inputs values are
defined in the same way as in the WEST [23] meanline design code for axial compressors. The main differences
lie in the pressure rise through the stage (either provided by specifying the outlet pressure or the stage pressure
ratio in WEST) which is in this case derived based on the maximum circumferential speed and the work
coefficient using equation 2.1. The number of blades of the two rows is specified in place of the aspect ratios
for the reasons discussed in section 2.2.4.

Duty Coefficient Unit Description
φ [-] Flow coefficient, vm/u
ψ [-] Work coefficient, ∆ht ,ad /u2

R [-] Degree of reaction, ∆hr otor /∆ht ,ad

Thermodynamic Unit Description
ṁai r [kg/s] Mass flow rate
Ω [RPM] Rotational speed
p0 [Pa] Inlet pressure
T0 [K] Inlet temperature

Um,max [m/s] Maximum circumferential speed
Geometric Unit Description

NB ,r otor [-] Number of rotor blades
NB ,st ator [-] Number of stator blades

(tmax /c)r otor [-] Rotor maximum thickness-to-chord ratio
(tmax /c)st ator [-] Stator maximum thickness-to-chord ratio

Table 2.1: Input parameters for the stage design

2.3. OPTIMIZATION CASE STUDIES

The objective of the analysis is to understand what effect the different design parameters have on the optimal
aspect ratio of the rotor and stator blades of an axial compressor stage.

To accomplish this a series of optimizations, as described in section 2.2 were performed on the same
compressor stage, varying the design parameters one by one. A total of 220 different optimizations were
run, resulting from the combination of 10 different values of work coefficients, which linearly varies between
0.35 and 0.45, 2 values of flow coefficients and 11 values of blade numbers. All the input parameters for the
compressor stage are reported in Table 2.2.
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Duty Coefficient Unit Value
φ [-] 0.5−0.6
ψ [-] 0.35−0.45
R [-] 0.5

Thermodynamic Unit Value
ṁai r [kg/s] 20
Ω [RPM] 10000
p0 [Pa] 100000
T0 [K] 296

Um,max [m/s] 250
Geometric Unit Value

(tmax /c)r otor [-] 0.1
(tmax /c)st ator [-] 0.075

Table 2.2: Parameters used for the analysis

As discussed in section 2.2.4, the blade number sets were generated following the same procedure as in
WEST, for a range of different first guess aspect ratios (AR0) varying between 2 and 3.25. The different values of
flow and work coefficients influence the blade number estimation, so the blade number sets were all calculated
using ψ= 0.35 and φ= 0.6 and kept consistent between all optimizations.

Typically, the aspect ratio for axial compressor blades lies between 1.5 and 3.5 [41] so the range of AR0

values used were chosen within this range. The corresponding blade numbers used for the analysis are reported
in Table 2.3.

AR0 NB ,r otor NB ,st ator

1.500 a 21 44
2.000 27 58
2.125 29 62
2.250 31 66
2.375 32 69
2.500 34 73
2.625 36 76
2.750 37 80
2.875 39 84
3.000 41 87
3.125 42 91
3.250 44 94

aData calculated only for φ= 0.6

Table 2.3: Sets of blade numbers used for the analysis

The range of work coefficients, flow coefficients and aspect ratios to be used in this analysis was chosen
based on typical values found in axial machines for aeronautical applications as per the lecture slides of the AE
turbomachinery course [19] and the books by P.P.Walsh and P.Fletcher[41], and M.Gambini and M.Vellini [5].
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Figure 2.6: 3D plot of the compressor blades with AR = 1.5, rotor in
red, stator in blue

Figure 2.7: 3D plot of the compressor blades with AR = 3, rotor in red,
stator in blue

Figures 2.6 and 2.7 are examples of the 3D geometry of the compressor blades analysed in this study,
with two very different values of aspect ratio. Note that, as the blade heights and metal angles are the same
for both stages, changing the aspect ratio only implies a change of the chord of the blades, and, as the
maximum-thickness-to-chord ratio is kept constant, the maximum thickness is changed as well.

2.3.1. OPTIMIZATION STRATEGY

While performing the optimizations described in the previous section, it was quickly realized that the efficiency
of the stage would always follow the same trend with respect to the aspect ratio, if the number of blades is fixed.
This trend is the same as reported by To et al. [3].

Figure 2.8: Set of aspect ratios analysed as part of one of the
optimizations (ψ= 0.35, φ= 0.6, AR0 = 1.5)

Figure 2.9: Trend of stage efficiency with blade aspect ratio by To et
al. [3]

In order to increase the computational efficiency and decrease the required time for each optimization,
an alternative to the gradient-based method was implemented; for each inputs set, the stage efficiency is
calculated for seven equally spaced values of the AR. The results are then fitted with a fourth degree polynomial.
The optimum AR is determined by identifying the minimum of the fitted curve, lowering in this way the
number of CFD simulations needed to optimize the AR, from more than 30 to only 7.
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Figure 2.10: Comparison of the results obtained with the full
optimization method and the fitting of seven data points with a forth

degree polynomial

Figure 2.11: Comparison of the results obtained with the full
optimization method and the fitting of seven data points with a forth

degree polynomial (zoom-in close to the optimum)

As can be observed from figures 2.10 and 2.11, the efficiency variation for values of aspect ratios of 1.8 and
1.9 is less than 0.02% which is in accordance with the conclusions provided by To et al. [3]. This low variation
makes it harder for a gradient-based optimizer to pinpoint an optimum due to the numerical noise in the
points close to the optimum, as clearly visible in figure 2.11.

The solutions provided by these methods have for this reason a margin of uncertainty in the optimal AR of
±0.1, as in this range the efficiency variation is so low, such an uncertainty has low impact on the design of the
stage.

Figure 2.12: Optimal aspect ratio results of the gradient based
optimization (optimization method) and the polynomial fit

(interpolation method)

Figure 2.13: Optimal aspect ratio results of the gradient based
optimization (optimization method) and the polynomial fit

(interpolation method)

As can be seen in figure 2.12 and 2.18 the results obtained with the two methods match well: except in one
case, the optimal aspect ratio values are always within 0.1 of each other.

The optimal values obtained through the fitting of polynomials follows a linear trend more closely, and
the optimal aspect ratios are less spread out compared to the gradient-based optimization results. The match
between the gradient based optimization results and the polynomial fit was also found to be closer for higher
aspect ratios, as the scatter of the efficiencies close to the optimum point was found to be lower in those cases.

The results shown in the following sections were all obtained using the polynomial fitting method as it
provides the same quality of results of the gradient based optimization method, but with a fraction of the
computational requirements.
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2.4. RESULTS
Here are reported the plots showing the results obtained for a value of the flow coefficient of 0.5 and 0.6 when
the work coefficient is varied between 0.35 and 0.45.

Figure 2.14: Optimal aspect ratio results for the set of optimizations
for φ= 0.5

Figure 2.15: Efficiencies corresponding to the optimal aspect ratio
results for the set of optimizations for φ= 0.5

Figure 2.16: Optimal aspect ratio results for the set of optimizations
for φ= 0.6

Figure 2.17: Efficiencies corresponding to the optimal aspect ratio
results for the set of optimizations for φ= 0.6

The results clearly follow the same trend described in the 2003 lecture series from the Von Karman Institute
[1]: for higher work coefficients the optimal aspect ratio is lower, but if the number of blades is allowed to vary,
then the trend in efficiency clearly shows how the highest efficiencies are reached for higher blade counts and
aspect ratios. Moreover, the optimal aspect ratio increases with the number of blades.

2.4.1. MEANLINE-BASED LOSS MODELS
Meanline loss models can be used to evaluate a preliminary loss breakdown and have a better idea of the
variation of the stage efficiency with respect to the aspect ratio. The results obtained by applying these models
will inevitably be less accurate than a CFD simulation, but they can give a rough estimate of how the individual
losses vary with respect to the aspect ratio.

The set of loss models provided in the book by M. Gambini and M. Vellini [5] was implemented in the
available meanline design code and used to repeat the alanyses already done using CFD. This is the most
cohesive and complete set of loss models for axial compressors found in the available relevant literature.

The analysis based on the meanline code was found to give similar results to the CFD simulations both in
terms of optimal aspect ratios and efficiency, as shown in the following.

The calculation procedure starts by estimating a first guess of the stage efficiency based on the Smith charts.
The thermodynamic states of the stage are then computed based on this first guess and from these values the
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total pressure losses (equations 2.8 to 2.10) are then determined with the set of loss models. Then all pressure
losses and the thermodynamic states of the stage are re-calculated to determine a new value for the efficiency.

Ytot ,R = p1tr −p2tr

p1tr −p1
(2.8)

Ytot ,S = p2t −p3t

p2t −p2
(2.9)

Ytot ,− = Yp +Ys +Yew +Yshock +YTC (2.10)

This procedure is iterated until the calculated efficiency converges and the pressure ratio matches the
design value. The pressure losses are split by this method into 5 main contributions: profile losses, secondary
losses, endwall losses, shock losses(only calculated if the flow becomes supersonic at any point) and tip
clearance losses; the full set of loss models is provided in appendix A.

Figure 2.18: Breakdown of the loss contributions obtained with the set of loss models

The trend shown in Figure 2.18 (in this case for a starting aspect ratio AR0 = 1.5) is the same as obtained
with CFD, and the loss breakdown matches the findings by Peters et al. [36]. Increasing the aspect ratio
increases the secondary losses while decreasing profile and endwall losses even though, differently from Ref
[36], the constant solidity condition is not imposed in this case but the number of blades is kept constant. So it
is expected that the secondary losses have a faster growth, as solidity decreases with an increase of aspect ratio.

Figure 2.19: Plot of the optimal aspect ratios and corresponding efficiencies obtained with the gradient based optimization, polynomial fit
and loss models

Figure 2.19 shows also that very similar results in terms of optimal aspect ratio and efficiency trends can be
achieved using just meanline based loss models compared to the results obtained using CFD.
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2.4.2. DISCUSSION
Given the results from the literature and from the analyses described above, the choice of optimal aspect ratio
for the blades of an axial compressor row cannot be reduced to a simple procedure. It is apparent that the
efficiency of the stage is not the only figure of merit for the choice of an ’optimal’ value of aspect ratio.

The same clear trend between aspect ratio, number of blades and efficiency was found when both CFD
and meanline based loss models are used to compute the stage efficiency; if the number of blades is fixed, this
trend that matches what was reported by Peters et al. [36] and To et al.[3] which were considering stages with
fixed solidity. However, fixing the solidity of a stage in place of the number of blades has the same effect of
fixing the number of blades, because the three parameters (blade count, solidity, aspect ratio) are interlinked
in such a way that if two of them are set, the third is automatically determined.

It is also worth observing how the aspect ratio of the blades influences other important aspects in blade
design, such as the stress at the blade root (which also directly influences the design of the disk). This has been
evaluated for the whole range of analysed aspect ratios using the same procedure currently in use in WEST for
disk design of axial turbomachinery.

Figure 2.20: Effect of aspect ratio on blade root stress if the number of blades is calculated based on aspect ratio

The thickness-to-chord ratio of the blades is kept the same for all aspect ratio configurations, while the
height of the blade is fixed by the stage thermodynamics. The chord of the blades is then calculated using
the aspect ratio. Assuming that the effect of the twist of the blades on blade volume is negligible, the ratio
between the area of the blade root and the volume of the blade is kept the same for all aspect ratios. Thus the
centrifugal stress at the blade root stays constant.

The stress caused by blade loading, however, grows with the aspect ratio; this is due to the choice of keeping
the thickness-to-chord ratio constant: increasing the aspect ratio while maintaining the height of the blade
constant effectively reduces the chord, and so the thickness of the blade. Thinner blades are then more affected
by aerodynamic loads. It is evident from what can be seen in figure 2.20 that the impact of aspect ratio on
structural loads is significant, but this effect is limited to the blade itself as the centrifugal force is not affected.

The core of the problem lies in the strong coupling that the optimal aspect ratio has with the solidity/num-
ber of blades of the stage. Thus, if only aerodynamic aspects are concerned, the optimal solution is to have
"infinitely many, infinitely thin" blades. In all examined cases the solution was found to tend towards that
limit, even though the difference between the maximum and minimum measured efficiencies is less than 1%
and the variation in efficiency is very low (figures 2.15 and 2.17); most likely structural and manufacturing
limitations dictate the limits the choice of aspect ratio, as well as off design performance. Based on a very
rough estimation of the stresses involved, the structural limitations seems arguably associated to vibrations
and fluid-structure interactions, which cannot be thoroughly evaluated during preliminary design.
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The results obtained using a set of meanline-based loss models show that, if a method is found to estimate
the optimal solidity / number of blades for the stage regardless of the aspect ratio of the blades, then these loss
models can be used to determine the optimal aspect ratio with a reasonable degree of precision.

At the preliminary design stage of an axial compressor, an acceptable value of the solidity of the blades can
be obtained from the velocity triangles using the criterion proposed by Lieblein [42, 19]. This criterion is based
on the fact that the boundary layer momentum thickness to blade chord ratio stabilizes close to its minimum
value for global diffusion factors (DF ) below 0.45; where the global diffusion factor is defined in Equation 2.11.

DF =
(
1− cos(β1)

cos(β2)

)
+ cos(β1)

2σ
(tan(β1)− tan(β2)) (2.11)

σ= cos(β1)

2DF −2
(
1− cos(β1)

cos(β2)

) (tan(β1)− tan(β2)) (2.12)

If DF = 0.45 is assumed, then the blade solidity can be obtained from Equation 2.12, and the aspect ratio
can be optimized maintaining a fixed value for the solidity. The design of the compressor stage was repeated
using the operating conditions listed in Table 2.2 and the solidity computed with Lieblein’s criterion; the results
are shown in Figure 2.21.

Figure 2.21: Optimal aspect ratio if solidity is determined through Lieblein’s criterion.

The efficiency of the stage used to determine these optimal aspect ratios was computed using the previously
discussed set of loss models. The trend of the optimal aspect ratio with a variation in work coefficient, as can
be clearly seen in Figure 2.21, matches the trend presented by Steinhardt [1].

The computed stage losses for all the optimum points in Figure 2.21 are about 15% (1% of the total stage
efficiency) higher than what was obtained for the highest efficiency configurations when the aspect ratio was
varied independently from the blade number (see Figures 2.15 , 2.17 and 2.19).

2.5. CONCLUSIONS
A brief literature review was conducted to explore the possibility of determining the optimal aspect ratio of
an axial compressor stage given its operating conditions and duty coefficients. No general consensus on this
topic was found during the review, but some semi-empirical methods, such as those proposed by By Greitzer
et al. [4] and To et al. [3] were found.

It was hypothesized that the work coefficient of the stage may have a correlation with the optimal aspect
ratio based on what was reported by E.Steinhardt [1]. This is also suggested by observing the historical trend in
axial compressors, which sees an overall increase in work coefficient and decrease in aspect ratio the more
modern the machines [2]. This hypothesis was tested by conducting a series of CFD-based optimizations
using the MULTALL[40] software on a sample compressor stage varying flow coefficient, work coefficient and
number of blades.
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Through these simulations it was possible to reproduce the trends shown in the aforementioned sources,
and a better understanding of the effects influencing the optimal aspect ratio of compressor blades was
obtained.

A strong connection between the aspect ratio and the solidity/number of blades in the stage was observed.
Consequently, when solely considering aerodynamic factors, the most optimal solution tends towards a
configuration with many extremely thin blades. However, the difference between the highest and lowest
recorded efficiencies calculated in this study is less than 1%, and the efficiency variation is quite minimal. It is
most likely the constraints related to structural and manufacturing considerations determine the choice of the
aspect ratio, as well as the performance under off-design conditions.

An initial estimation of the stresses at the blade root suggests that structural limitations are potentially
linked to issues such as vibrations and interactions between the fluid and the structure, which cannot be
comprehensively assessed during the preliminary design phase of the compressor.

A possible solution to decouple the choice of the aspect ratio and the solidity/number of blades in the stage
is offered by the criterion proposed by Lieblein [42, 19]. This criterion can be used to estimate the optimal
solidity of the stage based only on the velocity triangles if an assumption is made about the diffusion factor
of the blade rows. By using this method it was possible to reproduce the trend presented by Steinhardt [1].
However, the calculated efficiency for the optimal aspect ratio configurations obtained with this method was
lower than what was estmated when the aspect ratio was varied independently of the solidity/ blade count.

Further studies on how Lieblein’s criterion can be used in conjunction with meanline-based loss models to
estimate the optimal aspect aspect ratio are very likely to yield promising results for the future development of
the WEST tool. If properly validated by comparing the obtained designs with existing engines, this method may
be implemented in WEST to estimate the aspect ratio of axial compressor stages without requiring additional
user inputs.

As discussed earlier the height of the blades is determined given the thermodynamic conditions of the
stage. This means that a variation of aspect ratio is effectively a variation of the blade true (and thus also axial)
chord; this would heavily impact the design of the rotor disk, which would need to be much thicker in case of
axially longer, thicker and heavier blades, as also stated by Steinhardt [1]. The number of blades also interacts
with the disk design by changing the centrifugal force at the rim, as a higher blade count will increase the mass
of the rotating assembly, requiring stronger disks.

A further investigation of this effect was not conducted in this study, and represent an interesting opportu-
nity for a future work.



3
MODELLING OF RADIAL COMPRESSORS

Compressors, combustors, and turbines enable the implementation of the Brayton cycle. Large turbofan en-
gines employ turbomachinery to handle large mass flow rates, while smaller turboshafts achieve compression
through axial, radial, or mixed turbomachinery configurations.

Turbomachinery significantly contributes to the total engine weight, making the design of these compo-
nents crucial for overall weight estimation. Representative designs of blades, disks, and casings are essential to
achieve accurate weight estimates. This chapter’s objective is to describe the methodology used in the design
of radial compressor stages.

The deign procedure of a radial compressor stage involves three key components: the flow path (blades
and diffuser vanes), the disk, and the casing.

The chapter is structured as follows: section 3.1 explains in detail how the aerodynamic and thermodynamic
design of a stage is executed, section 3.2 describes the method used to model the compressor disks, while the
simplified stress analysis methodology that was developed for this purpose is discussed in section 3.3. Finally
section 3.4 reports how the casing of a stage is designed.

3.1. FLOW PATH DESIGN
The implemented flow path design procedure follows the methodology described by M. Gambini and M. Vellini
[5], which is largely based on the work by R.H. Aungier [43]. The authors provides a comprehensive guide for
the initial fluid-dynamic design of radial compressor impellers and diffusers. This procedure covers all the
main design steps, from the preliminary evaluation of the thermodynamic quantities across the stage to blade
geometry design.

3.1.1. MEANLINE DESIGN

The implemented meanline code (flow chart presented in Figure 3.1) mainly follows the procedure detailed
by M. Gambini and M. Vellini [5] and R.H. Aungier’s [43]. The procedure is based upon two nested iterative
loops: one to determine the efficiency of the stage through loss models and one to ensure that the effective
total-to-total pressure ratio of the compressor meets the design specification.

Unless the efficiency of the machine has been previously calculated through other means (for example
based on empirical data for similar machines or charts like the ones available in the paper by Lou et al. [44]),
the only way to preliminarily estimate the efficiency of a radial compressor without using computationally
heavy methods like CFD simulations is to use loss models. The meanline design requires the efficiency of the
machine as input. So if the total-to-total efficiency is not provided, a first guess value is set for the first design
iteration. Subsequently, the efficiency is calculated with a set of loss models to be then fed back into the design
procedure until the calculated efficiency matches the one of the previous iteration.

The second iteration loop is required because the total-to-total pressure ratio of the compressor computed
after the meanline design is completed is often lower than the input value used for the design due to the fluid
slip at the outlet of the impeller. To solve this issue, it is sufficient to iterate the procedure by changing the
input pressure ratio in order to match the design output to the desired value.

19
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Figure 3.1: Meanline design flowchart

3.1.2. INPUTS

The inputs required for the meanline design (Table 3.6) of the flow path of the radial compressor stage can be
divided into three categories: duty coefficients, thermodynamic parameters, and geometric parameters.
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Duty Coefficient Unit Description
φ [-] Flow coefficient
ψ [-] Work coefficient
R [-] Degree of reaction

Thermodynamic Unit Description
βt t [-] Total to total pressure ratio, p1t /p3t

α1 [rad] Rotor inlet flow angle
ṁai r [kg/s] Mass flow rate
Ω [RPM] Rotational speed

p1t [Pa] Total inlet pressure
t1t [K] Total inlet temperature
ηt t [-] Total-to-total efficiency (optional)

Geometric Unit Description
k [-] Impeller shape factor

splitter blades [true/false] Presence of splitter blades
splitter length ratio [-] Splitter to full length ratio, Lsplitter/Lfull

Table 3.1: Input parameters for the meanline design

The thermodynamic parameters determine the characteristics of the compression process the airflow
goes through and the capacity of the machine. The isentropic efficiency of the stage is an optional input of
the design code, as the efficiency of the stage can also be estimated through the use of meanline based loss
models. If the efficiency is provided as an input, the outlet total temperatures and pressures are determined
accordingly.

The duty coefficients, represented by the flow coefficient (φ), work coefficient (ψ), and degree of reaction
(R), which are defined in equations 3.1 through 3.3 respectively, define the complete design and performance
of the machine.

φ= v1,m

u2
(3.1)

ψ= ∆ht ,ad

u2
2

(3.2)

R = ∆hr otor

∆ht ,ad
(3.3)

However, some additional geometrical parameters are needed to close the design problem. These are: the
impeller shape factor, whose definition is given in equation 3.4, and the presence of splitter blades1 with their
length.

k = 1−
(

D1,h

D1,t

)2

(3.4)

The working fluid is modelled as a calorically-perfect gas. This simplifying assumption, which implies that
working fluid properties remain independent of temperature, is made to streamline the program development
and minimize computational costs.

However, it is advised to reconsider this assumption in the future and explore alternative working fluid
models that account for temperature dependence of specific heat capacity (such as the thermally-perfect gas
model used in GTlab [45]) and variations in composition (e.g., fuel-to-air ratio) to assess the corresponding
improvements in accuracy. Table 3.2 [19, 5] presents typical values for duty coefficients and working fluid
properties in radial compressor stage, assuming dry air as the working fluid.

1additional blades placed between the impeller full blades that occupy only partially the flow path towards the outlet
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Duty Coefficient Unit Value
φ [-] 0.2 - 0.3
ψ [-] 0.5 - 1.0
R [-] 0.5 - 0.85

Gas Parameter Unit Value
Rg as [J/kg· K] 287

cp [J/kg· K] 1000
γ [-] 1.4

Table 3.2: Typical ranges/values for radial compressor duty coefficients and working fluid properties [19, 5]

3.1.3. VELOCITY TRIANGLES
The first step of the meanline design is the calculation of the velocity triangles, based on the duty coefficients
and the inlet absolute flow angle, following the free-vortex assumption to compute the velocity triangles at
points other than the mid blade plane.

Figure 3.2: Radial impeller velocity triangles [5].

In order to calculate the velocity triangles of the radial compressor it is necessary to define three additional
parameters that distinguish this procedure from its counterpart for axial machines: the rotor meridional
velocity ratio ξ= v2,m

v1,m
, the tip diameter ratio δt = D1,t /D2 and the hub diameter ratio δh = D1,h/D2. The two

diameter ratios, together with the diameters of the impeller, can be easily obtained from the design inputs (the
simple procedure is included in Appendix B). The rotor meridional velocity ratio is, instead, calculated as a
function of the degree of reaction and the tip diameter ratio:

ξ=
√

1− 2ψ

φ2

(
R + ψ

2
−1

)
+ (tan(α1))2

(
1−δ2

t

)− 2ψδt

φ
tan(α1) (3.5)

Once the aforementioned parameters are calculated, the absolute and relative flow angles for the impeller
can then be calculated as follows, noting that the angles at the inlet (1) station are calculated at the mid plane
of the blade and not at the tip. At different radial position along the inlet section the tangential velocity is
different, and thus also the velocity triangle will differ. It was chosen to consider the quantities at the mid
plane, as these define the average velocity triangle.

The procedure can be based on the velocity triangle at the tip or at the hub of the inlet to represent the entire
flow (for example in the book by M. Gambini and M. Vellini [5] the tip velocity triangle is used ). All possibilities
are anyway valid, and the method can be adapted to use one of these options, with minor adjustments, while
mantaining the free-vortex assumption for the inlet flow, as also done for axial compressors in WEST [23]:

α2 = arctan

(
1

φ ·ξ ·
(
ψ+φ · δt +δh

2
· tan(α1)

))
(3.6)

β1 = arctan

(
δt +δh

2 ·φ − tan(α1)

)
(3.7)

β2 = arctan

(
1

φ ·ξ − tan(α2)

)
(3.8)
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Once the angles are calculated, the velocities can then be determined through the following relations:

v1 = u2 ·φ ·
√

1+ tan2(α1) (3.9)

v2 = u2 ·φ ·ξ ·
√

1+ tan2(α2) (3.10)

w1 = u2 ·φ ·
√

1+ tan2(β1) (3.11)

w2 = u2 ·φ ·ξ ·
√

1+ tan2(β2) (3.12)

u1 = u2 · δt +δh

2
(3.13)

v3 = v1 (3.14)

u1,t i p = D1,t

60 ·π ·Ω (3.15)

u1,hub = D1,h

60 ·π ·Ω (3.16)

3.1.4. THERMODYNAMIC CALCULATION

Figure 3.3: plot showing the compression process in a radial compressor stage on the h-s diagram [5].

The fluid thermodynamic states along the stage are calculated by applying the conservation equations at the
three main positions of the meanline flow path, namely at the inlet (1), at the outlet of the impeller (2), and
at the outlet of the vaned diffuser (3). These calculations are done based on the velocity triangles previously
computed, as shown in Figure 3.3:
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From the total quantities at the inlet, which are inputs of the meanline design, the static temperature (T1),
pressure (p1), inlet mach number (m1) and density (ρ1) can be calculated as:

h1 = h1t − v2
1/2 , T1 = h1

cp
, m1 = v1√

γ ·R ·T1
, p1 = p1t(

1+ γ−1
2 ·m2

1

) γ
γ−1

, ρ1 = p1

R ·T1
(3.17)

The entropy at the inlet can then be calculated as the entropy rise between the inlet static condition and a
reference condition defined by Tr e f and pr e f , being these the reference quantities of any arbitrary state:

s1 = cp · ln

(
T1

Tr e f

)
−R · ln

(
p1

pr e f

)
(3.18)

The relative total quantities (h1tr ,T1tr , p1tr ) at the inlet can then be computed as:

h1tr = h1 +
w2

1

2
, T1tr = h1tr

cp
, p1tr = p1 ·exp

(
cp

R
· ln

(
T1tr

T1

))
(3.19)

Based on the definition of the degree of reaction (Rst ag e ), the enthalpy rise across the impeller can be
calculated based on the specific work of the stage (w), namely:

∆hR = w ·Rst ag e (3.20)

h2is = h1 +ηR ·∆hR (3.21)

Considering the conservation of rothalpy across the impeller, the outlet enthalpy can then be calculated as:

I2 = I1 = h1tr −
u2

1

2
, h2 = I2 −

w2
2

2
+ u2

2

2
(3.22)

The static quantities at the impeller outlet can then be computed along with the entropy at the outlet of
the impeller and the outlet absolute mach number (m2), which read:

T2is = h2is

cp
, T2 = h2

cp
, p2 = p1 ·

(
T2is

T1

) γ
γ−1

, ρ2 = p2

R ·T2
(3.23)

s2 = cp · ln

(
T2

Tr e f

)
−R · ln

(
p2

pr e f

)
(3.24)

m2 = v2√
γ ·R ·T2

(3.25)

The total quantities and total relative quantities at the outlet are then computed as:

h2t = h2 +
v2

2

2
, T2t = h2t

cp
, p2t = p2 ·

(
1+ γ−1

2
·m2

2

) γ
γ−1

(3.26)

h2tr = h2 +
w2

2

2
, T2tr = h2tr

cp
, p2tr = p2 ·exp

(
cp

R
· ln

(
T2tr

T2

))
(3.27)

The total enthalpy is conserved through the stator/diffuser; the total, static and static-isentropic enthalpy
at station 3 can be then calculated as:

h3t = h2t , h3 = h3t −
v2

3

2
, h3is = h1 +ηis · (h3 −h1) (3.28)

The remaining static and total quantities at the outlet of the stage are determined as:

T3is = h3is

cp
, T3 = h3

cp
, p3 = p1 ·

(
T3is

T1

) γ
γ−1

, ρ3 = p3

R ·T3
(3.29)

s3 = cp · ln

(
T3

Tr e f

)
−R · ln

(
p3

pr e f

)
(3.30)

T3t = h3t

cp
, m3 = v3√

γ ·R ·T3
, p3t = p3 ·

(
1+ γ−1

2
·m2

3

) γ
γ−1

(3.31)
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3.1.5. BLADE ANGLES AND BLADE COUNT
After the thermodynamic quantities and velocity triangles are calculated, the blade main geometric parameters
can then be defined and the outlet velocity slip can be estimated.

First the mean inlet relative velocity (w1M ) is calculated based on the average inlet relative flow angle (β1M ),
which is considered equal to the relative flow angle at the blade inlet at mid-span (β1):

w1M = v1m

cos(β1M )
(3.32)

Where v1m is the inlet meridional velocity.
The number of blades of the impeller (NBR )is then estimated by using the relation proposed Eckert et al.

[46] and reported in this formulation by Osnaghi [47]:

NBR =
ÈÌÌÌ2π ·cos(βM )

ξ · ln
(

1
δt

)
ÉÍÍÍ (3.33)

where βM = β1M+β2B
2 and β2B are, respectively, the mean relative flow angle and the impeller outlet metal

blade angle; δt is the tip diameter ratio defined in Section 3.1.3 and ξ is a constant which value can be chosen
from a range between 0.35 to 0.45 according to Eckert et al. [46]. In this case ξ= 0.45 is assumed, as it was
found to provide the best results during the validation of the meanline code.

Figure 3.4: Illustration of the effect of slip on the impeller outlet velocity triangle

Once the number of rotor blades is estimated, the slip factor (SF = v2,t
v2,t ,∞ ) is computed using the method by

Weisner [48]:

SF = 1−
√

cos(β2,bl )

N 0.7
BR

(3.34)

In the book by Aungier [43] it is suggested that in case the mean diameter ratio (δM = D1,M
D2

) exceeds its
limit value (δMl i m ), a correction should be applied to the slip factor:

SF = SF

1−
(
δM −δMl i m

1−δMl i m

)√
90−β2

10

 (3.35)

Where SFl i m and δMl i m are defined as follows:

SFl i m = sin
(
19deg+0.2 · (90deg−β2)

)
(3.36)

δMl i m = SF −SFl i m

1−SFl i m
(3.37)

Based on the computed value for the slip factor, a new value of the impeller outlet metal blade angle is
computed based on the geometric relation shown in Figure 3.4, namely:

tan(β2,bl ) = u2

v2,m
− v2,t

SF · v2,m
(3.38)

The solution of the set of equations 3.33 - 3.38 is then repeated until convergence is achieved.
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3.1.6. IMPELLER GEOMETRY

The hydraulic diameters at the inlet and outlet (Dhyd1 and Dhyd2) are defined as:

Dhyd = 4 · Cr oss sect i onal ar ea

W et ted per i meter
(3.39)

The average hydraulic diameter (DhydR ) is calculated as the average of Dhyd1 and Dhyd2:

Dhyd ,R = Dhyd1 +Dhyd2

2
(3.40)

The axial length (La), if not provided by the user through the axial-length-to-tip-diameter ratio is calculated
according to the semi-empirical correlation provided by Aungier [43]:

La = D2 ·
(
0.014+ 0.023

δh
+1.58(δ2

t −δ2
h)φ

)
(3.41)

The meridional length (Lm,R ) of the impeller flowpath is then determined (in a first approximation) as the
lenght of a semi-circular arc of equivalent radius req :

req = (2 ·La −b2 +D2 −D1,t +b1)

4
(3.42)

Lm,R = π

2
req (3.43)

Figure 3.5: Schematic of the compressor stage geometry with the relevant diameters [5]

Figure 3.5 shows a simplified schematic of a radial compressor stage. It can be seen how the diffuser is
divided into two sections: the vaneless diffuser between D2 and D2,s , and the vaned diffuser between D2, s
and D3.

3.1.7. VANELESS DIFFUSER GEOMETRY

The vaneless diffuser length is determined using the relation obtained by interpolating the data provided by
Grieb [6](Fig. 3.6):
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Figure 3.6: Vaneless diffuser lenght against stage pressure ratio, in the plot what is referred to as D3 corresponds to the vaneless diffuser
outlet diameter D2,s [6]

D2s = 1.05 ·D2 (3.44)

Given its relatively short length, the flow angle through the vaneless portion of the diffuser is assumed to
be constant:

α2s =α2 (3.45)

3.1.8. VANED DIFFUSER GEOMETRY
The vaned diffuser blade height can be calculated by equating the flow area at the outlet of the vaneless diffuser
with the flow area at the inlet of the vaned diffuser.

The vaned diffuser length is also determined using a relation obtained by interpolating the data provided
by Grieb [6] (Fig. 3.7) which reads:

Figure 3.7: Vaned diffuser lenght against stage pressure ratio, in the plot what is referred to as D4 corresponds to the vaned diffuser outlet
diameter D3 [6]

D3 = (−0.05 ·βt t +1.575) ·D2 (3.46)

The number of vanes in the diffuser (NBS ) is determined based on the number of blades of the impeller in
order to avoid resonance phenomena as suggested by Aungier [14]:

NBS = NBR +8 (3.47)

The choice of the number of vanes for the diffuser is a quite complex design problem. The relation provided by
Aungier[14] reprsents a good first guess, but a more detailed design might yield a different optimal number of
blades.

The meridional length (Lm,s ) and hydraulic length (Lhyd ,s ) of the vaned diffuser can be then computed as:

Lm,s =
D3 −D2,s

2
(3.48)
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Lhyd ,s =
Lm,s

2cos((α2s +α3)/2)
(3.49)

If not provided as an input of the meanline design, the vaned diffuser outlet absolute flow angle (α3) is
determined by enforcing that the value of the divergence angle (θc ) as defined by Aungier [43] falls within its
optimal range.

t an(θc ) = π · (D3 · cos(α3)−D2s · cos(α2s ))

2 ·NBS ·Lhyd ,s
(3.50)

10o < 2 ·θc,opt < 11o (3.51)

Once the vaned diffuser outlet absolute flow angle (α3) is defined, the static thermodynamic quantities
have to be calculated again based on the new velocity triangle.

3.1.9. DIFFUSER VANE GEOMETRY
The diffuser vanes are designed adopting the thickness distribution suggested by Aungier [13]. In this case,
the maximum thickness is the same as the outlet blade thickness of the impeller while the inlet and outlet
thicknesses are assumed to be 0.

The thickness distribution is defined as follows:

t = t0 + (tm − t0) · ye (3.52)

t0 = ti n + (tout − ti n) · x/c (3.53)

y = x/xm f or x < xm and y = (1−x)/(1−xm) f or x > xm (3.54)

e =
√

0.4xm

c
· (0.95 · (1+x/c) · (1− y)+0.05) (3.55)

Where ti n is the inlet thickness, tout is the outlet thickness, tm is the maximum thickness of the profile and
xm is its position along the chord, in this case set to a default value of 0.3; Figures 3.8 and 3.9 display examples
of diffuser vanes for two radial compressors, featuring different inlet and outlet angles and diameters.

Figure 3.8: Example of a generated diffuser vane with α2s = 74.4o

and α2s = 46.8o
Figure 3.9: Example of a generated diffuser vane with α2s = 70o and

α2s = 44o

These plots show a front view of the diffuser, analogous to Figure 3.18, where the x and y axis display the
actual dimensions in meters.

3.1.10. FLOWPATH SHAPE
The meridional flowpath shape is generated using a set of Bezier curves, with a method similar to that described
by Smith et.al. [49]. The tip and hub profiles of the meridional flowpath of the impeller are drawn using 4
control points each, as shown in Figure 3.10. The first three control points are equally spaced along a line,
which is horizontal for the tip profile, and diagonal for the hub profile, in order to make sure that the inlet hub
meridional profile is not horizontal.
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Figure 3.10: Control points of the Bezier curves used to generate the tip (blue) and hub (red) geometry of the impeller meridional flow
path

3.1.11. BLADE ANGLE DISTRIBUTION

Given the shape of the hub and tip profiles of the meridional channel, the blade shape can be designed using a
blade angle distribution defined by another series of Bezier curves, similarly to what is done by Smith et.al.
[49]. These curves are still based upon 4 control points: the inlet and outlet points are fixed by the meanline
design, and they correspond to the inlet and outlet blade angles,while the other two points, which are equally
spaced along the meridional channel length, are tuned in order to achieve an axial backsweep angle of less
than 30 degrees at the outlet.

An example of a meridional channel and blade angle disribution obtained using these methodologies is
reported in figures 3.41 and 3.12.

Figure 3.11: Example of a blade angle distribution along the impeller
flow path generated using Bezier curves

Figure 3.12: Example of the meridional flow path shape generated
using Bezier curves

3.1.12. IMPELLER BLADE SHAPE GENERATION

The blade shape is generated according to the previously calculated blade angles following an iterative method
mapping the 2D coordinates of the meridional flow path to the 3D coordinates of the tip and hub of the blade,
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namely:

Figure 3.13: Illustration of the coordinate conversion for the hub or tip 3D blade profiles

P2D = (x,r ) ⇒ P3D,pol ar = (x,r,φ) ⇒ P3D = (x, y, z)

The following equations show how the coordinates of the 3D profile are calculated based on the meridional
channel shape and blade angle distribution, with βbl ade,i being the blade angle calculated at the position
along the meridional channel corresponding to (xi ,ri ):

First, the meridional channel is discretized into segments and the angle between the radial direction and
each segment (θ) is calculated, along with the resulting length of the segment (li ):

θ = arctan

(
xi+1 −xi

ri+1 − ri

)
(3.56)

li = ri+1 − ri

cos(θ)
(3.57)

Then the local tangential component of the blade segment (∆c ) and the corresponding cylindrical coordi-
nate angle (φ) are calculated:

∆c = li · tan(βbl ade,i ) (3.58)

φi+1 =φi +2arcsin

(
∆c

2 · ti+1

)
(3.59)

The cylindrical coordinates can then be easily converted into 3D coordinates:

yi+1 = ri+1 ·cos(φi+1) (3.60)

zi+1 = ri+1 · sin(φi+1) (3.61)
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3.1.13. BLADE THICKNESS

Differently to axial compressors, radial compressor blades are much longer compared to the blade height, and
thus the impeller blades can be modelled as thin panels whose thickness increases linearly from the inlet to
the outlet of the impeller.

The blade thickness at the inlet and outlet can be then estimated by using the data provided by Xu and
Amano [7, 8] correlating the blade thickness with blade height for a set of radial compressors.

Figure 3.14: Blade thickness vs. height at station 1 [7, 8] Figure 3.15: Blade thickness vs. height at station 2 [7, 8]

3.1.14. VALIDATION

The meridional channel shape generation was validated by comparing the design obtained with the proposed
procedure to the preliminary design shown by Bryce et.al. [50]. The specifications of this test case are reported
in Table 3.3:

Duty Coefficient Unit Value
φ [-] 0.2826
ψ [-] 0.79
R [-] 0.625

Thermodynamic Unit Value
βt t [-] 6.807
α1 [rad] 0

ṁai r [kg/s] 0.907
Ω [RPM] 75000

p1t [Pa] 100000
t1t [K] 300

Geometric Unit Value
k [-] 0.8219 a

splitter blades [true/false] False
La/D2 [-] 0.3

aValue not provided, was calculated based on the geometry presented in the paper

Table 3.3: Input parameters for the validation case

One additional input was necessary to replicate this validation case, namely the axial-length-to-tip-
diameter ratio (La/D2). Such a quantity was determined based on the axial length of the impeller presented
in the paper. Otherwise, the the design procedure would lead to an axial length about 20% lower than that
reported in the reference.

The axial impeller length only influences the efficiency of the rotor resulting from the implemented loss
models. All other parameters, such as the velocity triangles and blade count, are independent from this
quantity.
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Parameter Unit Bryce et al. [50] Calculated
β1,hub [deg] 45.6 42.8
β1,t i p [deg] 63.4 65.5
β2 [deg] 41.9 43.7

β2,bl ade [deg] 33 27.4
Nblades [-] 19 22
βt t [-] 6.807 6.8
ηi s [-] 0.81 0.83

m1,t i p [-] 1.195 1.158

Table 3.4: Design comparison

Figure 3.16: Meridional flow path plot

Overall, a good match is found between the reference data and the designed impeller (shown in more detail
in Figures 3.17 and 3.18 ). The highest mismatch is found in the impeller outlet blade angle (β2,bl ade ), probably
due to the approximations made in the calculation of the outlet slip factor. The impeller outlet relative flow
angle (β2) is very closely replicated by the design method, with a mismatch of less than 2o ; however the
difference between the blade and flow angle is much higher for the calculated values than for the reference,
meaning that the slip is overestimated by the meanline design.

Figure 3.17: Example of the 3D shape of the impeller with blades
Figure 3.18: Front view of the 3D blades (vaned diffuser blades are

plotted in blue)
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3.2. DISK DESIGN
The compressor disk alone constitutes a major proportion of the total weight of the stage. Therefore, significant
emphasis has been placed on exploring approaches that can precisely and effectively simulate the stresses in
the compressor disk and blades to enable the design of these components within WEST.

3.2.1. DESIGN PROCEDURE
The design procedure for the radial compressor disk, illustrated by the flow chart in Figure 3.19, is similar to its
analogous for axial turbomachinery. After the meanline design is completed and the shape of the meridional
channel and the blades are determined based on that, a first guess for the disk geometry is made. This geometry
is then optimized to minimize its weight while mantaining the stress values within the limits defined by the
mechanical strength of the material.

Figure 3.19: Disk design flowchart

3.2.2. STRESS CRITERIA
The stress criteria for the radial compressor disks is analogous to those considered for axial compressors at this
stage of the preliminary design. They are two and can be assessed once the stress distribution within the disk
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is determined: the yield criterion and the burst criterion as discussed by Tong et al. [51]. Their mathematic
definition is here reported, using the same formulation proposed by I.Boersma [23] so that only non-zero
parameters are present in the denominator.

1− SF ·σvm

σy
> 0 (3.62)

The von Mises stress (σvm) can be compared to the yield stress of the material at each local section
(accounting for the variation in yield stress given by the local operating temperature) to determine the safety
factor with respect to material yield, as is shown in equation 3.62. Tong et al. [51] recommends a factor of
safety, SF, equal to 1.1.

The burst criterion, reported in equation 3.63, is used to compare the ultimate tensile strength of the
material (σU T S ) to the average tangential (or hoop) stress (σt ,ave ) that it has to withstand; in this way the
plastic behaviour of the material, which is of particular relevance at overspeeds, can be captured as well [26].

1− σt ,ave

0.47 ·σU T S
> 0 (3.63)

3.2.3. DISK GEOMETRY

Based on the available data for existing engine designs, two main types of geometries have been identified for
radial compressor impeller disks and both can be analyzed by the code.

Figure 3.20: "A" type disk

Figure 3.21: "B" type disk

The ’A’ type disk (shown in figure 3.20) is usually found in low hub diameter ratio / high shape factor
impellers, where the space between the shaft outside radius and the hub radius of the impeller is low, such as
in both radial compressor stages of the MTR390 turboshaft engine [52]. The ’B’ type disk (shown in figure 3.21)
is instead for high hub diameter ratio / low shape factor impellers, and is mainly adopted in mixed axial-radial
flow compressors, such as in the GE T700 engine [53].

The stress requirement for both disk types is the same, and the optimization is conducted in a very similar
manner; the parameters outlined in green are fixed during the meanline design, together with the meridional
shape and the shape of the blades. All other dimensions have to be determined by the optimization algorithm.
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3.2.4. INPUTS
The disk design procedure only requires three additional inputs from the user after the meanline flow path has
been determined. These are reported in Table 3.5.

Geometric Unit Description
rsh,max [m] Maximum shaft radius

Disk type [-] –
Disk material [-] –

Table 3.5: Input parameters for disk design

The maximum shaft radius determines the minimum radius that the impeller disk hub can have, otherwise
there would be an interference between the two elements.

3.2.5. BOUNDS AND CONSTRAINTS
The optimization of the disk focuses on minimizing the overall mass of the component while not violating
the stress criteria described in section 3.2.2.To ensure the feasibility of the geometry for the impeller, a set
of constraints has been defined for the variables manipulated by the optimizer. These limitations are set as
follows:

Dh/2− (D2/2−Dh/2)/20 > r1,r2,r3,r4 > rsh,max (3.64)

Dh/1.5 > 5 > rsh,max (3.65)

La > t1, t2 > 0.1 ·La (3.66)

0.2 ·La > t3, t4 > 0.013 ·D2/2 (3.67)

Some additional inequality constraints are also enforced in order to avoid unfeasible geometries.

r3 − r2

t1 − t2
≥ t an

(π
4

)
(3.68)

t1 ≥ t2 ≥ t1

2
(3.69)

r5 ≥ r3 (3.70)

r4 ≥ r3 (3.71)

r3 ≥ r2 (3.72)

{
r2 ≥ r1 ·1.1 if disk type ’B’

r2 ≥ r1 if disk type ’A’
(3.73)

3.2.6. OBJECTIVE FUNCTION
The objective of the design procedure is to minimize the weight of the disk while maintaining the maximum
stress below the limits set by the material. More in detail, the objective function of the optimization reads:

fob j = k · weight

weight0
+ (1−k) · σmax

σmax,0
− A (3.74)

A =
{

l i mY if l i mY ≤ 0

0 otherwise
(3.75)

Where weight0 is the weight of the first guess design, and l i mY is the yield stress criterion term, expressed
in equation 3.62.
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The first guess design provided to the optimizer at the beginning of the design procedure may not be
feasible. This may give some problems to the optimizer, which can have difficulties in finding a feasible
geometry if it starts outside the correct design space.

For this reason in case the stress in the disk is above the yield criterion, a term proportional to the severity
of the violation of the criterion (A) is added to the objective function so that the design is penalized by the
optimizer and so that the gradient may lead more easily to feasible solutions as well.

The k parameter is set to 1 by default. This means that the second term in the objective function is normally
ignored. In case the optimizer cannot find a feasible solution, the parameter k is changed to a value between 0
and 1 in order to let the optimizer minimize the maximum stress as well as the weight; if k is set to 0, only the
maximum stress will be minimized.

3.3. DISK STRESS ANALYSIS

The stress analysis methodology described by Lolis [26] can be effectively used only for axial turbomachinery
disk design, as it assumes that the rotating disk cross-section is symmetric in the axial direction. An alternative
method to evaluate the stress distribution inside an impeller disk was then required.

3.3.1. BACKGROUND

The paper by M.J. Schilhansl [11] assesses the impact of centrifugal forces in radial compressors. Other stress
are neglected, as the centrifugal ones are usually predominant at high speeds. The paper introduces a relatively
straightforward approach based on a stress-strain correlation for determining the stresses in the disk of radial
compressors adopting purely radial blades. The compressor is discretized into radial slices that correspond
to the blades, and integrates the forces acting along the length of each slice (in the radial and tangential
directions) to compute the resultant stresses.

G.S.Ray and B.K.Sinha [9] developed a procedure based on the method by Schilhansl [11] for computing
centrifugal stresses in axisymmetric impellers having disks of variable thickness and blades laterally attached.

This procedure, also theoretically illustrated in the book by J.W. Sawyer [54], consists in discretizing both
the disks and the blades and replacing them with a set of concentric stepped rings of different axial length
according to the impeller geometry, see Figure 3.22.

The mechanical equilibrium is then solved for each ring using the recurring relation for the force, moment,
linear displacement and angular displacement used by Schilhansl [11].

Figure 3.22: Representation of the bladed impeller: (a) sectional view, (b) replacement by a system of concentric stepped rings. [9]

Zheng et al. [10] conducted a study on the effect of temperature and pressure on the stress of a radial
compressor using finite element analysis, and found that the stress caused by the temperature gradient can
reach up to 57% of the total equivalent stress and is proportional to the difference between the flow temperature
at the inlet and the temperature assumed for the disk hub surface (Figure 3.23). The authors suggest that the
temperature effect should not be neglected in the stress analysis of the impeller.
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Figure 3.23: Thermal stress distribution of the impeller for different inlet conditions [10]

No method was found in literature to model the effect of temperature without recurring to more sophis-
ticated procedures such as finite elements analyses. Thus a new simplified method was devised to evaluate
thermal stresses together with centrifugal loads.

3.3.2. STRESS ANALYSIS METHOD

The methodology that is used to calculate the stress distribution in the impeller disk is based on that developed
by Schilhansl [11]. Adaptations were made to take the thermal stresses in the disk into account. To this purpose,
the stress-strain relation was modified according to Tong et al.[51]. The stress-strain relation in [51] is also at
the basis of stress calculation in axial turbomachinery disks.

The original expression for the radial (σr ) and tangential (σt ) stresses are then changed as follows for the
disk:

σr,D = E

1−ν2 · (ϵr +νϵt ) →σr,D = E

1−ν2 · (ϵr +νϵt − (1+ν)αexp∆T
)

(3.76)

σt ,D = E

1−ν2 · (ϵt +νϵr ) →σt ,D = E

1−ν2 · (ϵt +νϵr − (1+ν)αexp∆T
)

(3.77)

And for the blade:

σr,B = E · (ϵr ) →σr,B = E · (ϵr −αexp∆T
)

(3.78)

Where ∆T is the difference between the local temperature and the reference temperature at which the
thermal expansion coefficient is defined.

In order to proceed with the stress analysis methodology, the disk has to be subdivided in radial "slices"
such that each slice corresponds to a blade. Then the slices are discretized radially into elements forming
concentric stepped rings (see Figure 3.24).
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Figure 3.24: Sketch of an element of the discretized disk

Figure 3.25: Coordinate system and geometry of an element discretizing the impeller.

The radial and tangential unit elongations (ϵr and ϵt ) can be expressed in terms of the displacement of
each volume element in the radial and axial directions such that:

ϵr = ∆u

∆r
− z

∆α

∆r
= ϵr 0 − zα′ (3.79)

ϵt = u0

r
− z

α

r
(3.80)

σr,D = E

1−ν2 ·
(
ϵr 0 +νu0

r
− zα′−ν z

r
α− (1+ν)αexp∆T

)
(3.81)

σt ,D = E

1−ν2 ·
(
νϵr 0 + u0

r
−νzα′− z

r
α− (1+ν)αexp∆T

)
(3.82)

And for the blade:

σr,B = E · (ϵr 0 − zα′−αexp∆T
)

(3.83)

Where u0 and α are the radial and rotational terms of the displacement of each element (shown in Figure
3.26) and z is the axial coordinate in each element (see Figure 3.25), and ϵr 0 and α′ are the components of the
unit elongation in the radial direction (ϵr ).
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Figure 3.26: displacement and strain of a volume element [11]

Figure 3.27: Equilibrium of a volume element of the compressor
(blade and disk) [11]

For each of these volume elements the equilibrium equation in the radial direction is then evaluated as
described in the paper by Ray et.al. [9], and the forces, moments and displacements at the interface between
the elements are calculated:

Si+1 +∆Ci ,i+1 −Ti ,i+1 −Si = 0 (3.84)

Mi+1 − ci ,i+1 ·∆Ci ,i+1 −Gi ,i+1 −Mi = 0 (3.85)

u0,i+1 = u0,i +∆ri ·ϵr 0,i (3.86)

α0,i+1 =αi +∆ri ·α′
i (3.87)

By following the procedure shown in the paper by Schilhansl [11] the radial force and moment are expressed
as a function of the radial displacement (u0), turning angle (α), the unit elongation radial (ϵr 0) and rotational
(α′) components, and the relative temperature at the radial location of the volume element (∆T ):

S = sϵ ·ϵr 0 + sβ ·α′+ su ·u0 + sα ·α+ sT (3.88)

M = mϵ ·ϵr 0 +mβ ·α′+mu ·u0 +mα ·α+mT (3.89)

All terms related to thermal expansion are lumped in the constants sT and mT . The terms related to
thermal expansion, for each volume element ’i ’ are derived as follows with the assumption that the effective
blade thickness (tB ,e f f ) is constant along the z axis:

mT,i = Eαexp,i∆T

tB ,i ,e f f ·
(
z2

2,i − z2
1,i

)
2

+ 1

1−ν2 · ri∆Φ ·
(
z2

3,i − z2
2,i

)
2

(1+ν)

 (3.90)

sT,i =−E ·αexp,i ·∆T

(
tB ,i ,e f f

(
z2,i − z1,i

)+ 1

1−ν2 · ri ·∆Φ · (z3,i − z2,i
) · (1+ν)

)
(3.91)

Equations 3.88 and 3.89 can be then manipulated to find explicit relations for the quantities ϵr 0 and α′:
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ϵr 0 = ϵS ·S +ϵM ·M +ϵu ·u0 +ϵα ·α+ϵT (3.92)

α′ =αS ·S +αM ·M +αu ·u0 +αα ·α+αT (3.93)

Where the terms related to the radial displacement (ϵu ,αu), turning angle (ϵα,αα), the radial force (ϵs ,αs )
and moment (ϵM ,αM ) are reported in Appendix C, while all terms related to thermal expansion are lumped in
the constants ϵT and αT , which are defined as follows:

ϵT,i =−mT,i · sβ,i −mβ,i · sT,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(3.94)

αT,i =−mϵ,i · sT,i −mT,i · sϵ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(3.95)

Equations 3.84 to 3.87 can then be re-arranged following the same procedure by Ray et al. [9], thus obtaining
the linear that has to be solved for each element in order to compute forces and displacements:

Si+1 = Pi ·u0,i +Qi ·αi + (1+Ri ) ·Si +Xi ·Mi +Yi (3.96)

Mi+1 = P ′
i ·u0,i +Q ′

i ·αi +R ′
i ·Si + (1+X ′

i ) ·Mi +Y ′
i (3.97)

u0,i+1 = P ′′
i ·u0,i +Q ′′

i ·αi +R ′′
i ·Si +X ′′

i ·Mi +Y ′′
i (3.98)

αi+1 = P ′′′
i ·u0,i +Q ′′′

i ·αi +R ′′′
i ·Si +X ′′′

i ·Mi +Y ′′′
i (3.99)

Where the Yi parameters are defined as:
Yi

Y ′
i

Y ′′
i

Y ′′′
i

=


−∆ci +∆TT,i

∆ci · ci +∆GT,i

∆r ·ϵT

∆r ·αT

 (3.100)

With the parameters ∆TT,i and ∆GT,i being, respectively, the contributions given by thermal expansion to
the force (Ti ) 2 and moment (Gi ) (as shown in Figure 3.43). These quantities are made up by two contributions:
one only dependent on mechanical forces (T0,G0) and the other, described above, only dependent on thermal
expansion, namely:

T = 2∆r sin

(
∆Φ

2

)
·
∫ z3

z2

σt ,D d z = T0 +∆TT (3.101)

G =−2∆r sin

(
∆Φ

2

)
·
∫ z3

z2

σt ,D zd z =G0 +∆GT (3.102)

The terms T0 and G0 are only a function of the mechanical stress and have the same definitions as T and G
according to Schilhansl [11], whereas ∆TT and ∆GT are defined as follows:

∆TT =− E

1−ν2 ·2∆r sin

(
∆Φ

2

)
·
[

(z3 − z2)
(
αexp(1+ν)∆T −νϵT

)+ z2
3 − z2

2

2
ναT

]
(3.103)

∆GT = E

1−ν2 ·2∆r sin

(
∆Φ

2

)
·
[

z2
3 − z2

2

2

(
αexp(1+ν)∆T −νϵT

)+ z3
3 − z3

2

3
ναT

]
(3.104)

Now that all the parameters in the system of equations 3.96 through 3.99 have been defined, the equations
can be arranged into a linear system for each element discretizing radially the disk. This system of equations is
first solved for the element at the hub (i = 0) and ending at the tip of the disk (i = N ):

2the vertical component of the tangential force in the disk



3.3. DISK STRESS ANALYSIS 41


Si+1

Mi+1

u0,i+1

αi+1

=


(1+Ri ) Xi Pi Qi

R ′
i (1+X ′

i ) P ′
i Q ′

i
R ′′

i X ′′
i P ′′

i Q ′′
i

R ′′′
i X ′′′

i P ′′′
i Q ′′′

i




Si

Mi

u0,i

αi

+


Yi

Y ′
i

Y ′′
i

Y ′′′
i

⇒Ui+1 = AiUi +Ci (3.105)

The boundary conditions for the stress analysis are imposed either by specifying the forces and moments
at the hub (S0, M0) and no forces or moments at the tip (SN = 0, MN = 0) [9, 11, 10].

The forces and moments at the hub (S0, M0) can either be set equal to 0 if there is no bearing pressure,or
greater than zero if the disk is mounted with interference on the shaft. At the tip, Sn a Mn are, instead, always
equal to zero.

The boundary conditions of the system of equations are specified then at two different boundaries, the
surface of the disk bore and at disk tip. To avoid the implementation of an iterative solution scheme, the
recurring system of equations computing the forces and displacements for each element (Ui ) is manipulated
so that UN is expressed as a function of U0:

UN = ANUN−1 +CN = BNU0 +DN (3.106)

Where BN is a 4 by 4 matrix obtained by multiplying all Ai matrices and DN is a 4 element vector calculated
from the recurring relation shown in Equation 3.108:

BN = AN AN−1...A1 A0 (3.107)

DN = AN DN−1 +CN , D0 =C0 (3.108)

The system of equations thus obtained can be written as follows:

UN = BNU0 +DN ⇒


SN

MN

u0,N

αN

=


b1,1 b1,2 b1,3 b1,4

b2,1 b2,2 b2,3 b2,4

b3,1 b3,2 b3,3 b3,4

b4,1 b4,2 b4,3 b4,4




S0

M0

u0,0

α0

+


d1

d2

d3

d4

 (3.109)

So the missing quantities at the hub can be easily calculated from this system, as both the forces and
moments at the hub (S0, M0) and at the tip (SN , MN ) are known boundary conditions:

u0,0 =
b1,4(MN −b2,1S0 −b2,2M0 −d2)−b2,4(SN −b1,1S0 −b1,2M0 −d1)

b1,4b2,3 −b2,4b1,3
(3.110)

α0 =
SN −b1,1S0 −b1,2M0 −b1,3u0,0 −d1

b1,4
(3.111)

Once all the boundary conditions are known at the hub, the system 3.109 can then be solved for each
element from the disk hub to the tip.

3.3.3. BLADE THICKNESS ADJUSTMENT

The methodology used to discretize the impeller disk into finite elements requires that the disk is first subdi-
vided into a number of angular sectors equal to the number of blades. This allows for the stress calculation to
take into account the contributions that the mass of the blades has on centrifugal forces.

Moreover, the blades are assumed to be all radial oriented for the purpose of the disk discretization. If the
blade thickness in each radial position is taken as the nominal thickness (calculated in section 3.1.13), the
estimation of the mass of the blades, and consequently of their contribution to the centrifugal stress, will not
be accurate.
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Figure 3.28: Geometry of the disk and blades as ’seen’ by the stress analysis method of the impeller of the first stage radial compressor
from the paper by A.Giuffrè et al. [12]

In order to increase the accuracy of this estimation a correction can be applied to the blade thickness
distribution to take into account blade angles such that for each blade element ’i ’:

tB ,i ,cor r =
tB ,i

βbl ,i
(3.112)

Where βbl ,i is the average blade angle at the radial position corresponding to the blade element.
Furthermore the discretization method described above does not allow for the modelling of blades that do

not span the full length of the flow path (such as splitter blades). For this reason the effective blade thickness
in each disk element is further corrected to include also the mass of splitter blades, by using the following
relation:

tB ,i ,e f f = tB ,i ,cor r, f ul l + tB ,i ,cor r,spl i t ter ·
Laxi ,i ,spl i t ter

Laxi ,i , f ul l
(3.113)

Where Laxi ,i ,spl i t ter and Laxi ,i , f ul l are the lengths in the axial direction of the splitter and full blades at the
radial position of the element ’i ’.

Figure 3.29: Blade thickness correction applied to the impeller of the first stage radial compressor from the paper by A.Giuffrè et al. [12]

3.3.4. DISK TEMPERATURE DISTRIBUTION
In order to calculate the stress distribution in the impeller disk, the temperature at each radial location has
to be specified. No standard temperature distributions for radial compressor disks could be inferred from
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the literature; some papers, such as by Zheng et al. [10] and Murkherjee and Baker [55] provide examples of
temperature distributions in radial impellers, but the reported trends cannot be generalized.

A further limitation of the implemented stress analysis methodology is that temperature can vary only in
the radial direction. This implies that each element is assumed of uniform temperature.

To a first approximation, trying to approximate he trend reported in literature, the temperature distribution
in the impeller disk is thus taken as illustrated in Figure 3.30. The temperature is considered to be constant in
the disk region below the impeller inlet hub radius and equal to the inlet static temperature (T1), and increasing
linearly throughout the disk until reaching the fluid outlet static temperature (T2) at the rim.

Figure 3.30: Example of the radial temperature distribution on an
impeller disk (T700 radial compressor stage, section 4.5.2)

Figure 3.31: Radial compressor stage model

3.3.5. MECHANICAL STRESS VALIDATION

To verify the correct implementation of the mechanical stress analysis methodology, the examplary test cases
provided by Ray et al. [9] were reproduced as accurately as possible and the resulting stress distribution
compared with that in the original paper.
The paper by Ray et al. [9] does not provide a distribution of the actual stress for these test cases, but a
non-dimensional equivalent stress, the so called stress coefficient (σ∗), which is defined as follows:

σ∗ = σ

ρmatω2r 2
T

(3.114)

Where ρmat is the density of the disk material, ω is the rotational speed of the disk and rT is the disk tip radius.

Figure 3.32: Discretization scheme of the
disk using 100 slices

Figure 3.33: Calculated radial stress
distribution compared to the result given by

Ray et.al. [9]

Figure 3.34: Calculated tangential stress
distribution compared to the result given by

Ray et.al. [9]



44 3. MODELLING OF RADIAL COMPRESSORS

Figure 3.35: Discretization scheme of the
disk using 100 slices

Figure 3.36: Calculated radial stress
distribution compared to the result given by

Ray et.al. [9]

Figure 3.37: Calculated tangential stress
distribution compared to the result given by

Ray et.al. [9]

Figure 3.38: Discretization scheme of the
disk using 100 slices

Figure 3.39: Calculated radial stress
distribution compared to the result given by

Ray et.al. [9]

Figure 3.40: Calculated tangential stress
distribution compared to the result given by

Ray et.al. [9]

Figure 3.41: Discretization scheme of the
disk using 100 slices

Figure 3.42: Calculated radial stress
distribution compared to the result given by

Ray et.al. [9]

Figure 3.43: Calculated tangential stress
distribution compared to the result given by

Ray et.al. [9]

The calculated stress distributions match very well with the reference. Small deviations can be easily
explained by differences in the discretization scheme and small variations in geometry, as the geometry of the
various test cases and the reference stress distributions were obtained by digitization of the pictures provided
in the paper, which may not be completely accurate.

The comparison is considered satisfactory thus proving the correct implementation of the mechanical
stress analysis procedure.

3.3.6. THERMAL STRESS VALIDATION

The calculation method for thermal stresses in compressor disks is not as simple to validate, as very limited data
is available in literature on thermal stress distribution in disks with non symmentric thickness distributions.
The papers by Zheng [10] and Mukherjee and Baker [55] provide thermal stress distributions obtained through
finite element analyses, but it is impossible to retrieve useful information from these source as the stresses are
shown through 3D contour plots projected on the CAD model of the compressor impeller; furthermore it is
difficult to reproduce the geometry used in these studies, as dimensions are not (or not completely) provided.
For these reasons it is not possible to compare the results obtained in these papers with finite element methods
with those of the method implemented in this work.
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Thus, a FEM model of the first stage of the compressor from the paper by A.Giuffrè et.al. [12] was used to
generate the data needed to validate the thermal stress calculation procedure. This model was provided by the
authors of the paper, and does not completely match with what is shown in the publication. The geometry of
the impeller (Figure 3.44) was reproduced as good as possible given the limitations of the geometry generation
method of the simplified stress analysis program (3.45), and the same boundary conditions were applied in
both models.

At the same time, the thermal gradient has been exaggerated in order to increase its effect on the calculated
stress and to make it easier for the simplified code to match the boundary conditions. The objective of this
test is to validate the method, not the results. Moreover, in both the finite element analysis and the simplified
method, fluid forces acting on the blades and on the front of the disk are not taken into account. According to
Zheng [10], their effect should be negligible with respect to that of the thermal and centrifugal stresses and
is mainly concentrated in the blades and blade roots, which can only be poorly modelled by the simplified
design method in WEST.

Finally, note that the temperature distribution in the impeller of a real radial compressor is much more
complex than that considered in this analysis, and requires a detailed modelling of the heat transfer with the
fluid. This is not possible to model using a preliminary design tool like WEST.

Figure 3.44: Model of the compressor in ANSYS mechanical

Figure 3.45: Model of the compressor reproduced using the
program

The temperature distribution in the disk is calculated by ANSYS given the two fixed temperature boundary
conditions at the hub and at the tip of the disk,22oC and 122oC , respectively, see Figure 3.46. The resulting
temperature distribution in the impeller is shown in figure 3.47.
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Figure 3.46: Boundary conditions specified
for the thermal calculation

Figure 3.47: temperature distribution in the
compressor disk

Figure 3.48: radial temperature distribution
in the compressor disk

The FEM stress analysis results are calculated based on the temperature distribution. The simplified model
can only account for a radial temperature difference. The temperature at each radial position in the simplified
model is thus set equal to the average temperature calculated by the FEM model at the same position, shown
in Figure 3.48.

Figure 3.49: Von Mises stress contour in the impeller disk
calculated with the simplified method

Figure 3.50: Von Mises stress contour in the impeller disk

As can be clearly seen from Figures 3.49 and 3.50, the equivalent Von Mises stress distribution caused by
thermal expansion inside the impeller disk is predicted quite well by the simplified method compared to the
finite element method analysis. The main differences between the two stress distributions are located towards
the front of the disk, as the effect on the stresses due to the presence of the blade roots is not evaluated by the
simplified method. Only the contribution of the blade to the overall thermal expansion is taken into account.

The geometry of the blades is not perfectly matched by the program. The blade attachment begins exactly
at the front face of the disk for the simplified method while this is not the case for the real impeller, see Figure
3.44. Given the simplicity of the discretization scheme, the shape of the blade has to be simplified.
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Figure 3.51: Von Mises stress distributions on the front and back of
the impeller disk

Figure 3.52: Von Mises stress distribution at the hub of the impeller
disk

The front and back stress distributions calculated with the two models are shown in Figure 3.51. The profile
reported for the FEM model was obtained by sampling from the FEM results a series of points along a line
that follows the flow channel at equal distance between the blades. The reported stress distribution may be
influenced by the stresses in the blade attachment region, which cannot be modelled with the simplified
method; furthermore the maximum stress point at the hub of the disk is on the back edge of the hub according
to the simplified method, while further towards the front according to the finite element analysis. The
maximum stress point calculated by the simplified method is always expected to be at either the front or back
of the disk, due to the linear nature of the stress distribution calculated at each axial position of each slice.

Overall, the ability of the simplified stress analysis method to predict the maximum thermal stress and
its approximate location caused by a temperature gradient along the radial direction of the impeller disk was
considered satisfactory for the needs of the WEST tool.

3.3.7. COMBINED EFFECT OF THERMAL AND CENTRIFUGAL STRESSES - MODEL VALIDATION

To validate the implemented stress analysis method in the case of both thermal and centrifugal stresses a
second FEM analysis was executed following the procedure described in Section 3.3.6. The difference lies in
the impeller rotational that is set toΩ= 10996 R AD/s.

Figure 3.53: Von Mises stress contour in the
impeller disk calculated with the simplified

method
Figure 3.54: Von Mises stress contour in the

impeller disk

Figure 3.55: Von Mises stress distributions on
the front and back of the impeller disk

Similarly to what was observed before for the thermal stresses alone, the simplified method correctly
predicts the approximate location of the maximum stress and its intensity, as well as the trend of the overall
distribution, as can be clearly observed by comparing Figures 3.53 and 3.54. The main differences with the
FEM analysis still occurs in the locations of the blade roots, as can be seen in Figure 3.55. This is then the main
limitation of the simplified method.

The results obtained with the simplified method are however still considered to be satisfactory for the
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purposes of the WEST tool.

3.3.8. SENSITIVITY ANALYSIS

The stress analysis method for the impeller disk requires the its discretization into volume elements. In this
section it will be discussed how the number of this elements influences the calculated stress distribution along
the radial direction of the disk.

For the purpose of this analysis, the design of a radial impeller similar to that of the turboshaft GE-T700
was chosen as test case, see Figure 3.56. The geometry was discretized using an increasing number of elements
and the stress distribution calculated for each discretization.

Increasing the number of elements results in increased precision in the stress distribution calculation,
but also in higher computational cost of the analysis. The objective of this section is to estimate the optimal
amount of volume elements that guarantees the best trade-off between precision and computational efficiency.

Figure 3.56: radial compressor stage model
Figure 3.57: Maximum Von Mises stress radial distribution for

different volume element numbers

Element Number Average Iteration Time of the optimization Maximum Von Mises Stress of the optimization
[-] [s] [MPa]
10 0.0020 854
50 0.0997 994

100 0.0190 1012
250 0.0459 1023

1000 0.2184 1029
10000 1.9218 1031

Table 3.6: Sensitivity analysis results

In figure 3.57 it can be observed that the calculated stress distribution does not substantially change if the
number of elements exceeds 100. The best trade-off between computational efficiency and solution precision
can be achieved with an element count between 100 and 250. The minimum amount of elements required for
an acceptable result is considered to be 100: the maximum stress is less than 2% lower than that calculated
with 10000 elements, but the iteration time is less than 1% of that observed for the discretization with the
highest number of elements.

3.3.9. ADAPTATION OF THE METHOD FOR AXIAL TURBOMACHINERY DISKS

The stress analysis method discussed in this section is based upon the same principles of the method de-
scribed by Lolis [26] and Tong et al. [51], but instead of requiring an iterative calculation scheme to solve the
boundary-value problem, the stress distribution is calculated explicitly in a single iteration. This should lead
to a considerable reduction in computational cost of the WEST tool if the newly developed stress calculation
procedure is adapted to analyze axial turbomachinery disks as well.
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Additional computational efficiency can be gained by further simplifying the method, given that for axial
turbomachinery disks, the profile is assumed symmetric with respect to the axial direction, and thus the
centrifugal loads are always aligned radially for each volume element. This means that there is no moment
generated by centrifugal loads. Thus there is no need to calculate the equilibrium of moments at each element
interface and the angular displacement of each element is always zero.

The system of equations of each element can thus be simplified (based on Equation 3.109)as follows where
each parameter is defined in the same way as discussed in section 3.3.2:

[
Si+1

u0,i+1

]
=

[
(1+Ri ) Pi

R ′′
i P ′′

i

][
Si

u0,i

]
+

[
Yi

Y ′′
i

]
⇒Ui+1 = AiUi +Ci (3.115)

The boundary conditions of the problem for axial turbomachinery disks are set up differently compared to
radial turbomachines. In axial stage disks the rim stress is known, given by the centrifugal force contribution of
the blades attached to the disk, while the hub radial stress is 0. By following the same procedure used to make
the system of equation 3.106-3.108 explicit, the boundary condition needed at the hub is calculated as follows:

u0,0 =
SN −d1 −b1,1 ·S0

B1,2
(3.116)

This new numerical scheme should improve the overall computational efficiency of the stress distribution
calculation; since all parameters are calculated explicitly, the method requires more initial calculations than its
iterative counterpart, but the total number of operations should still be lower as no iteration is necessary.

3.3.10. COMPARISON BETWEEN THE METHODS

The test case chosen to test the two methods is the high pressure turbine of the CFM-56 turbofan (Figure 3.58),
previously analysed by I.Boersma [23].The required model inputs are reported in Table 3.7.
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Duty Coefficient Unit Value
Flow coefficient,φ [-] 0.411

Work coefficient, ψ [-] 1.472
Degree of reaction, R [-] 0.477

Thermodynamic Unit Value
ṁ [kg/s] 59.6
Ẇ [MW] 26.16
Ω [RPM] 15183

Tt ,i n [K] 1522.0
Pt ,i n [bar] 26.5

Tcool i ng [K] 855.6
General Design Unit Value

Stage Count [-] 1
Fixed Diameter [-] Mid

Zweifel Coefficient,ΨZ [-] 0.7
Cooled Blades [-] True

Geometry Unit Value
Row Gap [-] 0.567

Rotor Taper Ratio [-] 1
Rotor Aspect Ratio [-] 1.73
Stator Taper Ratio [-] 1

Stator Aspect Ratio [-] 0.9
Disk Type [-] Web

rsh,max [m] 0.058
Material Unit Value

Stator Vane [-] NI 105
Rotor Blade [-] NI 105

Disk Material [-] NI 105
Casing Material [-] NI 105

Table 3.7: Input parameters for the turbine design

The design of this turbine stage was repeated with different element counts using both stress analysis
methodologies. The computed stress distribution using both the methods completely overlaps for element
counts above 100, as shown in Figure 3.59.

Figure 3.58: axial turbine stage Figure 3.59: stress and temperature distribution in the turbine stage
disk
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Element Number Computation Time Computation Time
New Method Previous Method

[-] [s] [s]
100 13.57 22.39
250 14.77 51.38

1000 90.46 217.48

Table 3.8: Computation time comparison with different element count (these times may vary depending on the hardware and the
behaviour of the gradient-based optimization)

While some variation is expected due to the iterative nature of the original disk design method, the
characteristics of the numerical problem as well as the settings of the gradient-based optimization of the disk
adopted in both design procedures can influence the required computation time as they may influence the
number of function evaluations needed for the convergence of the optimizer. Table 3.8 still shows that, as
expected, the explicit method is more computationally efficient and reduces the optimization time by a factor
between 2 and 4, depending on the element count and on the efficiency of the optimizer.

3.4. CASING DESIGN

Casings are an integral part of the gas path channel in gas turbine engines and must be capable of withstanding
the high pressures generated by the working fluid. Their design should also consider the containment of blade
fragments in the event of blade failure and detachment, as blades have substantial kinetic energy due to the
high rotational speeds of the compressor.

The energy released from disks and/or disk fragments is typically very high and cannot be neglected in the
casing design. While certain detailed aspects of casings, such as flanges, connecting hardware, and actuators
for variable stator vanes, might not be modeled in the current methodology, it is still possible to estimate the
overall casing weight by calculating its local thickness.

Bretschneider et al. [56] developed a simplified method for the sizing and preliminary design of the casing
of axial compressors based on various requirements imposed by the flow conditions inside the machine and
the structural integrity of the component (blade containment and axial stiffness). Even if it was developed for
axial machines, the method can be easily adapted to model the casing of a radial compressor as the design
requirements remain the same.

3.4.1. CASING GEOMETRY

The radial compressor casing can be divided into three sections, in which the casing thickness has to meet
different requirements, as shown in figure 3.60. These sections are: the impeller casing, which follows the
shape of the tip of the blades of the impeller, the diffuser casing,and the 90o bend, which connects the radial
compressor stage with the downstream components, and occupies the space between the vaned diffuser outlet
radius and the maximum outer radius of the stage.

The method used to calculate the weight of the curved sections of the casing, such as the impeller casing or
the 90 degree bend, is reported in appendix D.
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Figure 3.60: Illustration of the simplified Geometry of the radial compressor stage casing modelled by WEST

3.4.2. CASING THICKNESS
By observing various turboshaft engines and auxiliary power units reproduced in literature [57, 18, 58] it was
determined that the thickness distribution of the casing of the radial compressor can be divided into two
sections of uniform thickness, one in correspondence of the impeller casing section, and the other for the
diffuser and 90o bend. The thickness of these sections is set to the maximum local thickness required to meet
the correct combination of one or both of the design requirements.

PRESSURE CONTAINMENT

The casing thickness necessary for pressure containment, denoted as tpr es , can be determined using equation
3.117 provided by Lolis [26].

tpr es = SF · p · r

σy
(3.117)

Where p represents the static pressure acting on the casing, and for each of the three previously outlined
sections the static pressure is considered to be the maximum static pressure within the section, as computed
by the meanline analysis; r denotes the local radius, and σy is the yield strength of the material. Optionally, an
additional safety factor (SF) may be included, although its significance is minimal given that the thickness
required to contain blade fragments far exceeds that needed for pressure containment [56].

BLADE CONTAINMENT

The thickness required for blade containment is calculated following the method by Bretschneider et al. [56]
as the thickness required for the casing material to absorb the blade impact in case of complete detachment.

The kinetic energy of the blade (Eki n,bl ) is calculated as shown in equation 3.118.

Eki n,bl =
mbl · r 2

cg ,bl ·ω2

2
(3.118)

Where rcg ,bl is the radial location of the center of gravity of the blade, which can be easily calculated given
its mass and geometry.

The required casing thickness is defined in equation 3.119 as provided by Bretschneider et al. [56].
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tcon,bl = S1 ·
√

Eki n,bl

0.65 ·ξ ·σmax,bn · (ν+µ+κ/2) · l∗
(3.119)

Where the parameters ν,ψ and κ are empirically derived coefficients, and they represent the ductile, elastic
and shear portion respectively of the overall deformation energy and are defined as ν = 0.7, ψ = 0.05 and
κ= 2.5 [56].

The product 0.65 ·ξ ·σmax,bn in equation 3.119 represents the maximum impact strength, where ξ= 1.3 is
the so-called consolidation coefficient, another empirically derived parameter, and σmax,bn is the maximum
bending stress of the material, which can be considered to be equal to the yield stress (σy ).

The reference length, l∗,is chosen as the perimeter length of the blade tip, since this is the point of impact
of the rotor blade [56]. This can be estimated as two times the length of the 3D curve representing the tip
of the blade as discussed in section 3.1.12, as the thickness of the blade does not play a relevant role in the
determination of the perimeter given the typical centrifugal compressor blade thickness.

3.4.3. 90o BEND
If the radial compressor stage has to be connected to other turbomachinery components in the axial direction,
as commonly occurring in turboshaft engines, a 90o bend section has to be attached at the outlet of the vaned
diffuser.

The design of this section follows a procedure similar to that described by Aungier [13], with the additional
assumption that the height of the channel stays constant throughout the bend.

Aungier [13] suggests that the radius of the inner portion of the bend (also shown in figure 4.4) should
be equal to the flowpath height at the outlet of the diffuser, otherwise a maximum outer radius may be be
provided. In that case the bend radius would be adapted to match this geometry constraint.

As along this duct section there is a slight change in the flow path cross-sectional area, the kinematic
quantities at the outlet of the bend are updated accordingly based on mass conservation.





4
MODELLING OF TURBOSHAFT ENGINES

This chapter will discuss how the developed component model for radial compressor stages has been integrated
with the existing WEST modules, and how it can be used to model small and medium scale turboshaft engines.

For this purpose some additional components have been modelled. These are: the return channel that
connects the stages together in case there is more than one radial compressor stage (Section 4.1) and the
reverse-flow combustor which is often a design feature of the more compact turboshaft engines (Section 4.2);
furthermore some small tweaks were done to the existing methodology in order to attempt to model some
particular characteristics of existing engines (Section 4.3).

The designs of two existing turboshaft engines, the MTU Turbomeca Rolls-Royce MTR390 and the General
Electric T700 have been simulated to validate the geometry prediction and weight estimation capabilities of
the WEST software (Sections 4.5.1 and 4.5.2).

The model of the MTU Turbomeca Rolls-Royce MTR390 was then used to estimate the impact that design
parameters such as turbine inlet temperature, mass flow rate and overall pressure ratio have on the engine
design.

4.1. RETURN CHANNEL

If more than one radial compressor stage is present (as is the case for the MTR 390 turboshaft, which will be
discussed in depth in section 4.5.1), a return channel has to be included to connect the outlet of the first radial
compressor stage to the following one.

This return channel has the function of guiding the flow between the stages and changing the flow angle to
match the inlet requirement of the following radial compressor stage. This is accomplished by means of vanes,
similarly to a vaned diffuser.

A design procedure for this component is provided by R.H. Aungier [13, 14]. It involves multiple geometrical
design parameters as shown in figure 4.4.

55
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Figure 4.1: return channel geometry and design parameters [13]

Figure 4.2: return channel vane shape [14]

The adopted design procedure is a simplified version of the original one proposed by Aungier [14] to lower
the number of geometrical inputs to be specified by the user in analogy with the methodology supposedly
implemented in GasTurb [59].

Figure 4.3: Return channel geometry

In particular, the use of the simplified geometry, shown in Figure 4.3, allows for the generation of the return
channel given only the dimensions of the two connected stages and no additional input from the user.
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The Inlet and outlet diameters and flow passage heights have to correspond to the outlet and inlet dimen-
sions of the compressor stages. The simplified geometry generation procedure thus only requires four inputs
to define the bends shape and three for the vanes as reported in Table 4.1.

Channel Parameter Unit Description
R1 [m] Inlet bend meanline radius
R2 [m] Outlet bend meanline radius

h1,1 [m] Vane inlet duct height
h2,1 [m] Vane outlet duct height

Vane Parameter Unit Description
βi n [rad] Vane inlet blade angle
βout [rad] Vane outlet blade angle

Nvane [-] Number of return channel vanes

Table 4.1: Design variables of the return channel

These geometric quantities can all be calculated following the design guidelines by Aungier [13]. It results
that no actual design input is required to the user. More in detail, we have:

R1 = Rbend ,1 (4.1)

βi n =α3,1 (4.2)

where Rbend ,1,and α3,1 are the bend radius and the absolute flow angle at the outlet of the vaned section of
the diffuser (see Figure 3.60) of the radial compressor upstream of the return channel, respectively. Similarly, it
is assumed that:

βout =α1,2 (4.3)

R2 = h2 (4.4)

where α1,2 is the inlet absolute flow angle at the inlet of the radial compressor downstream of the return
channel; the outlet bend radius is taken equal to the inlet flowpath height of the inlet channel of the radial
compressor downstream of the return channel so that the condition of R/h < 1 specified by Aungier [13] for
the outlet bend duct height is always met.

The duct heights can be calculated simply based on mass conservation given the velocity triangles at the
inlet and outlet of the vaned section and the specified blade angles.

The blade profile of these vanes can then be generated through the same procedure used for the vaned
diffuser blades discussed in section 3.1.9. Similarly, their performance may be evaluated using the same loss
models implemented for the compressor diffuser.

Figure 4.4: example return channel designed following this
procedure

Figure 4.5: vane geometry of the return channel
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The wall thickness of the channel duct is calculated using the same method used to determine the wall
thickness of other engine ducts within WEST using the equation reported by Lolis [26].

4.2. REVERSE FLOW COMBUSTOR

In many applications of turboshaft engines the compactness of the gas generator is a very important design
criterion. In order to reduce the engine length, the combustor often features a reverse flow configuration, as
this allows the first stage of the high pressure turbine to be mounted much closer to the last compressor stage.

Though this type of configuration is very commonly found in turboshaft engines, no preliminary design
method for reverse-flow combustors was found in literature. Most likely, this is due to the geometry and flow
characteristics of this kind of combustor, which are more complex than those of a simple annular equivalent.

Grieb [6] reported the typical geometries of reverse flow and annular combustors when downstream of
radial compressor stages in aero-engine applications, along with their key geometric parameters.

Figure 4.6: Combustor geometries from Grieb [6]

Khandelwal et.al. [15] provides an in-depth look into the detailed design procedure of a reverse flow
combustor given its main dimensions , together with an illustration of the combustor developed by the
authors.

Figure 4.7: Schematic diagram of the developed combustor by Khandelwal et.al. [15]

Based on the information provided by these authors, a simplified geometry of the reverse flow combustor
was conceived. As shown in Figure 4.8, this features four basic components: liner, casing, inlet de-swirler and
dome-injector assembly
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Figure 4.8: Reverse flow burner geometry

The dimensions of the reverse flow combustor are determined based on a combination of thermodynamic
parameters and non-dimensional ratios. These inputs are listed in table 4.2.

Thermodynamic Unit Description
ṁai r [kg/s] Air mass flow

ṁ f uel [kg/s] Fuel mass flow
pt ,i n [Pa] Inlet total pressure

pt ,out [Pa] Outlet total pressure
Tt ,i n [K] Inlet total temperature

Tt ,out [K] Outlet total temperature
Geometric Unit Description

HB ,r ati o [-] Combustor height ratio
Lg es,r ati o [-] Combustor length-to-height ratio
Lb,r ati o [-] Combustor axial-distance-to-height ratio

Table 4.2: Input parameters for reverse flow combustor design

The combustor height ratio relates the height of the combustor annular casing (hr e f ) to the distance
between radii (Ri n , Rout ) defining the position of the combustor inlet and outlet channels, as expressed in
equation 4.5:

HB ,r ati o = hr e f

Ri n −Rout
(4.5)

The combustor length-to-height and the axial-distance-to-height ratios then define, respectively, the
overall length of the combustor and the axial distance between the outlet of the radial compressor stage and
the inlet of the axial turbine in relation to the combustor height. Their definition thus reads:

Lg es,r ati o = Lg es

hr e f
(4.6)

Lb,r ati o = Lb

hr e f
(4.7)
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4.2.1. DE-SWIRLER

The de-swirler has the function of reducing the swirl velocity of the flow coming from the radial compressor
stage. In principle, at the outlet of the de-swirler the flow should be only directed axially; it is designed following
a similar strategy to the stator of an axial turbomachinery stage: the velocity triangle at the inlet is set by the
design of the radial compressor stage, while at the outlet the flow velocity should have no radial component.

The wall thickness of the de-swirler duct are calculated using the same method used to size the other ducts
within WEST [23, 26].

The length of the de-swirler duct is calculated based on the geometry of the rest of the combustor, making
sure that the bent section of the casing leading into the axial turbine does not interfere with the radial
compressor stage disk.

4.2.2. DOME AND INJECTORS

The design of the injector assembly is very complex, and no simplified preliminary design procedure was
found in the literature for this subsystem. Thus, similarly to what done in WEST for annular combustors, the
empirical correlation from Onat et al. [27] is used to estimate the weight of the dome and injector assembly.
This correlation reads:

wdome,lbs = 0.0106 · (r 2
t ,i nch − r 2

h,i nch) (4.8)

4.2.3. CASING AND LINER

The thickness of the casing and liner of the reverse flow combustor is determined in a similar way as already
done within WEST for annular combustors: the thickness of the casing is calculated based on the pressure
containment requirement (section 3.4.2), whereas the liner thickness is taken equal to 1.5 mm as suggested by
Onat et al. [27].

The weight of these components is simply obtained by calculating the volume , using the procedure shown
in Appendix D and multiplying the result by the density of the material.

The height of the liner is calculated by applying an offset from the outer and inner portions of the casing,
the offset is based on the observation of existing engine cross sections from available sources [15, 57, 6, 18]
and is set as ∆hout = 2 ·hi n for the outwards facing side and ∆hi n = hi n for the inward facing side.

This relation seems quite arbitrary, but was found to match very well data of existing combustors.

4.3. OTHER DESIGN FEATURES

Some small additions have been made to the already implemented modules in WEST to allow the program to
perform properly the preliminary design of small-capacity turboshaft engines.

The following sections will briefly discuss these additions.

4.3.1. SHROUDED TURBINE

The turbine stage of a turboshaft engine is sometimes shrouded to improve its performance and efficiency.
The shroud refers to a covering or casing around the turbine blades fixed to the blades themselves.

The shroud helps to reduce the flow leakage between the tips of the turbine blades and the surrounding
casing. Furthermore the shroud provides additional structural support to the turbine blades. This is especially
important in high-performance turboshaft engines that operate at high rotational speeds.

The shroud also dampens vibrations in the turbine blades, reducing the overall noise generated by the
engine during operation; in some cases, the shroud may be used to provide additional thermal protection to
the turbine blades.

The addition of the shroud at the tip of the blades, however, considerably increases the centrifugal force
experienced by the blade roots, thus impacting heavily the centrifugal stress distribution in the disk.
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Figure 4.9: Centrifugal force acting on the turbine shroud

If the shroud thickness is known, the portion of radial stress at the rim of the disk caused by the presence of
the shroud can be evaluated using equation 4.9, assuming that the stress is uniformly distributed at the rim of
the disk.

∆σr i m,shr oud =ω2 ·hshr oud ·ρmat · rcg ,shr oud · rt i p,bl ade

rhub,bl ade
(4.9)

Alternatively, as no method was found to accurately estimate the optimal thickness of the shroud in a
preliminary design stage, Grieb [6] provides some simple empirical correlations to directly determine the
radial stress caused by the shroud:

{
∆σr i m,shr oud = 0.25 ·σr i m,bl ade for uncooled blades

∆σr i m,shr oud = 0.50 ·σr i m,bl ade for cooled blades
(4.10)

The distinction between cooled and uncooled blades has to be specified as the presence of cooling channels
in the blades reduces by a large margin the mass of the blades themselves, and thus the centrifugal stress they
cause in the disk.
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Figure 4.10: GE T700 free power turbine with shrouded blades Figure 4.11: GE T700 free power turbine with unshrouded blades

Disk Type Turbine Weight
[kg]

Web Shrouded 7.52
Web Unshrouded 7.12

Table 4.3: Free power turbine weight comparison with and without shroud model

Implementing the shrouded turbine model does not appear to significantly impact the weight of this
component, as shown by the test case illustrated in Figures 4.10 and 4.11 . However, the geometry change
in the disks is significant, Notice that the weight of the actual shroud is not accounted in the turbine weight
reported in Table 4.3. If this is included, the overall weight of the turbine will be higher.

4.3.2. BLISKS

Blisks, which stands for "bladed disks" or "integrally bladed rotors", combine both the rotor disk and blades
into an integrated component realized from a single metal piece [53]. They may be preferred over regular blades
in axial compressors for several reasons; they can provide improved aerodynamic performance compared to
traditional blades, as by integrating the blades directly into the disk, gaps and interface between individual
blades is reduced, thus minimizing air leakage and improving overall compressor efficiency.

The integration of the blade with the disk also eliminates the need for the hardware to attach the blade
to the disk, leading to a reduction in weight and overall part count. This simplification can result in a more
reliable and easier to maintain compressor; the absence of blade attachments eliminates the risk of blade loss
due to blade-root fatigue, which is a concern with traditional blade designs.

This solution also impact the design of the rim of the disk, as the rim position to which the blades are
attached can be much thinner. This particular kind of compressor disks has been modelled with the existing
tools, adapting the existing webbed disk design code, by changing the estimated thickness of the blade root/rim
portion of the disk from 75% of the blade height to 10%.
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Figure 4.12: GE T700 axial compressor with blisks Figure 4.13: GE T700 axial compressor with regular webbed disks

Disk Type Compressor Weight
[kg]

Web with Blisks 9.79
Web without Blisks 11.87

Table 4.4: Compressor weight comparison with and without blisk model

This strategy was tested for the test case of the axial compressor of the GET700 engine. Figures 4.12 and
4.13 show the results of the compressor preliminary design in the case of blisk adoption and of conventional
blades, respectively, while Table 4.4 reports the estimated weight. It is apparent that by adopting blisks the
weight of the compressor does not change significantly, though the geometry of the engine is better predicted,
especially in the case of the first stage disk.

4.3.3. TURBINE OUTLET FRAME
In small gas turbines, a turbine exit frame is typically essential to provide support for the turbine bearing,
specifically for radial loads. The thrust loads, on the other hand, are handled by the front frame and front
bearing, which may be integrated into the gearbox in certain cases [27].

As the empirical correlations from Onat and Klees [27] are already used to estimate the weight of all frames
of the engine, it makes sense to use the model provided by the same authors in case of free power turbines of
small capacity turboshafts.

Equation 4.11 is used to estimate the weight of the rear frame, which includes the tailpipe and nose cone:

Wlbs, f r ame = 55.5 ·R2
t , f t +6.53 (4.11)

Where Rt , f t is the turbine tip radius in feet.

4.4. GEARBOX WEIGHT ESTIMATION
Turboshaft engines for either fixed-wing, tilt-rotor or rotorcraft applications often require that a reduction
gearbox is fitted between the power turbine shaft and the power output shaft, which can be then connected di-
rectly to the propeller/rotor or other transmission components; the main function of this reduction gearbox is
to reduce the output shaft rotational speed and increase the torque, allowing also the connection of additional
gearing for auxiliary systems(oil pumps, alternators, fuel pumps, etc.).

This gearbox is sometimes an integral part of the engine package, such as in the MTR390 turboshaft engine
[52, 57]. Thus, in these cases, it is necessary to estimate the weight of the reduction gearbox together with the
rest of the engine.

The simplest method available to this purpose is provided by Onat and Klees [27] which correlates the
gearbox weight with the shaft power and input RPM:

Wlbs,g ear box = 324 ·
(

hp

RP Mi n

)0.8

(4.12)

Grieb [6], instead, proposes a correlation where the gearbox with respect to that of the engine block is
expressed as a function of the speed reduction ratio, namely:
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Wg ear box

Weng i ne
= 0.02+0.047 · RP Mi n

RP Mout
(4.13)

Where RP Mi n and RP Mout are the inlet and outlet rotational speeds of the gearbox expressed in number of
revolutions per minute.

Brown et al. [16] and Hendricks and Tong [17] provide similar methods for the estimation of the gearbox of
a turboshaft engine. The weight is a function of the gear reduction ratio and power output of the engine. Their
correlations were fitted based on the data from a large number of existing engines, see Figures 4.14 and 4.15.

Figure 4.14: Correlation provided by Brown et al. [16]

Figure 4.15: Correlation provided by Hendricks and Tong [17]

where the power-speed index and the Parametric value used by these two methods are calculated based on
the gear reduction ratio and power output of the engine, namely:

Parametric Value =
(

hp

RP Mout

)0.75

·
(

RP Mi n

RP Mout

)0.15

(4.14)

Power-speed Index = (hp)0.76 ·
(

RP M 0.13
i n

RP M 0.89
out

)
(4.15)

The correlations proposed by these authors are as follows, where hp is the power at the engine output shaft
expressed in horsepower and K is a scaling factor based on the technology level, see Table 4.5.

W(lbs),Hendr i cks =−37.4262+116.3297 ·Parametric Value (4.16)

W(l bs),Br own = Power-speed Index ·K (4.17)

K value Level
118 year 1980
94 year 2000
72 future 1

Table 4.5: Technology level scaling factor

4.5. WEIGHT ESTIMATION VALIDATION
Detailed data about the breakdown of component weights and detailed dimensions of small and medium
turboshaft engines is not available in the literature. For this reason , the turboshaft engines chosen as test case
are those for which detailed cross-sections [18, 57, 52]were found. The validation exercise consist in matching
as closely as possible the estimated geometry of these engines, and comparing the overall engine weights.

In the following sections the design of two turboshaft engines with similar operating characteristics but
very different architectures will be presented. These are the MTU Turbomeca Rolls-Royce MTR390 and the
General Electric T700; the inputs and results for both these engines will be discussed in detail.

Appendix E contains an extended set of plots for the design results of the radial compressor stages of both
engines.
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4.5.1. MTU TURBOMECA ROLLS-ROYCE MTR390
The MTR390 is a modern turboshaft engine in the 1000 kW power range, developed collaboratively by three
prominent European aero engine companies: MTU, TURBOMECA, and ROLLS-ROYCE.

The compressor assembly features two centrifugal stages, see Figure 4.16, whose design has been refined
since 1982. Initially, the OEM considered an axial-centrifugal configuration, but the present design shows no-
table performance benefits in terms of efficiency (increased by 2%), flow, and pressure ratio. These advantages
were achieved by employing a circumferential speed that is lower than that of the centrifugal compressor in
the original axial-centrifugal version [52].

Figure 4.16: Cross-section of the MTR390 engine from Grieb [18]

Figure 4.17: Overview of the components of the MTR390 model realized with WEST

The compressor overall pressure ratio is 13. The engine features also a compact reverse-flow combustor, a
single stage high pressure cooled axial turbine to power the gas generator and a single row uncooled free power
turbine stage that sends power into an integrated step down gearbox, which reduces the output shaft speed
from 27000 RPM to 8000 RPM. A schematic of the layout of the engine components is shown in Figure 4.17.

The model inputs are reported in Table 4.6, Table 4.8 and Table 4.7
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COMPRESSORS

First Stage Compressor Second Stage Compressor
Duty Coefficient Unit Value Value

Flow coefficient,φ [-] 0.28 0.25
Work coefficient, ψ [-] 0.5 0.5

Degree of reaction, R [-] 0.7 0.55
Thermodynamic Unit Value Value

ṁ [kg/s] 3.2 3.2
Ω [RPM] 39000 39000

Tt ,i n [K] 300 450
Pt ,i n [bar] 1 3.6
βt t [-] 3.6 3.6
ηt t [-] 0.87 0.87

General Design Unit Value Value
Shape Factor [-] 0.85 0.75

Splitter Blades [-] True True
Splitter Length [-] 0.5 0.5

Geometry Unit Value Value
Disk Type [-] ’A’ ’A’

rsh,max [m] 0.02 0.02
D3/D2 [-] -a 1.65b

Material Unit Value Value
Diffuser Vane [-] Ti-17 Ti-17

Disk/Blade Material [-] Ti-17 Ti-17
Casing Material [-] 17-4PH 17-4PH

acomputed
bspecified to better match the existing geometry

Table 4.6: Input parameters for MTR390-2C radial compressor stages

COMBUSTOR

Thermodynamic Unit Value
ṁai r [kg/s] 3.2

ṁ f uel [kg/s] 0.079
pt ,i n [bar] 13

pt ,out [bar] 12.4
Tt ,i n [K] 670

Tt ,out [K] 1450
Geometric Unit Value

HB ,r ati o [-] 0.75
Lg es,r ati o [-] 1.1
Lb,r ati o [-] 0.65

Table 4.7: Input parameters for MTR390-2C reverse flow combustor
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TURBINES

Gas Generator Turbine Free Power Turbine
Duty Coefficient Unit Value Value

Flow coefficient,φ [-] 0.41 0.4
Work coefficient, ψ [-] 1.7 1.4

Degree of reaction, R [-] 0.48 0.5
Thermodynamic Unit Value Value

ṁ [kg/s] 3.279 3.279
Ẇ [kW] 1200 970
Ω [RPM] 39000 27000

Tt ,i n [K] 1450 1100
Pt ,i n [bar] 12.4 4.65

Tcool i ng [K] 450 -
ηt t [-] 0.91 0.91

General Design Unit Value Value
Stage Count [-] 1 2

Fixed Diameter [-] Tip Hub
Zweifel Coefficient,ΨZ [-] 0.8 0.8

Cooled Blades [-] True False
Geometry Unit Value Value
Row Gap [-] 0.567 0.567

Stage Gap [-] 0.567 0.567
Rotor Taper Ratio [-] 1 1

First Stage Rotor Aspect Ratio [-] 1 2
Last Stage Rotor Aspect Ratio [-] - 2.7

Stator Taper Ratio [-] 1 1
First Stage Stator Aspect Ratio [-] 1 1.7
Last Stage Stator Aspect Ratio [-] - 2

Disk Type [-] Web Web
rsh,max [m] 0.02 0.04

Material Unit Value Value
Stator Vane [-] NI 105 NI 105
Rotor Blade [-] IN 718 IN 718

Disk Material [-] IN 718 IN 718
Casing Material [-] NI 105 17-4PH

Table 4.8: Input parameters for MTR390-2C axial turbine stages
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Component Weight
[-] [kg]

First stage compressor 7.01
casing 2.31

disk + blades 4.59
stator vanes 0.11

inter-compressor connecting shaft 0.11
First stage inlet frame 3.76

Return channel 2.55
vanes 0.55

Second stage compressor 4.35
casing 2.06

disk + blades 2.1
stator vanes 0.19
Combustor 37.51

de-swirler vanes 0.10
de-swirler duct 0.79
casing + liner 6.68

frame 29.74
Gas generator turbine 4.64

Inter-turbine frame 8.87
Turbine connecting duct 0.86

Free power turbine 12.57
Free power turbine frame 9.35

Gas generator shaft 0.26
Power output shaft 0.87

Accessories 15.33
Total weight 105.48

Gearbox
Brown [16] 15.76

Hendricks [17] -0.76
Grieb [6] 18.84
Onat [27] 12.99

Table 4.9: Design results of the MTR390-2C turboshaft engine

The results of the preliminary design are reported in Table 4.9. The total weight estimated by the program is of
105.48 kg excluding the gearbox, which falls short of the published weight of the engine [60], which is 169 kg;
it has to be considered, however, that the published weight of the engine does not only include the weight
of the gas generator and free power turbine assembly, but the oil filtration and management system and the
integrated reduction gearbox, that contains additional gearing for powering other components such as oil
pumps. These components are not included in any of the models discussed for the gearbox weight estimation.
Moreover, no model to estimate the weight of the outer casing as well as the inlet dict leading into the first
compressor stage has been implemented.

The various models used for the gearbox weight estimation give very different results, especially the
correlation developed by Hendricks et al. [17] which is evidently not suited for this kind of gearbox, as the
estimate weight is negative.

Depending on the choice of the model for the gearbox weight the results provide an estimation that is
between 70.1% and 73.5% of the published weight, which falls well within the expectations for the accuracy of
the WEST program.
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Figure 4.18: Mechanical design results of the MTR390-2C turboshaft engine

Figure 4.19: Overlay of MTR390-2C actual and WEST cross-sections [18]

The overlap between the engine cross-section and the generated geometry is rather good, see Figures 4.18
and 4.19; some differences are in the shape of the radial compressor stages, as the flow path shape of the
first stage is predicted as slightly narrower than its real counterpart; furthermore the cuts at the hub of both
impeller disks are not present as it is not possible to model this kind of feature with the developed tools.
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The return channel between the two stages does not completely match, as expected due to the adopted
simplified geometry model.

On the contrary, the geometry of the reverse flow combustor matches very closely with the real engine.

4.5.2. GENERAL ELECTRIC T700
The General Electric T700 and CT7 are a family of turboshaft and turboprop engines in the 1,100–2,200 kW
class.

Data for the operating conditions and cycle parameters for the T700 is not fully available in literature.
However it was possible to retrieve most of the main engine parameters from Ballin [61] and the General
Electric brochure for the T700-401C/-701C models [62].

It was also possible to retrieve the materials for the axial and radial compressor disks from the technical
report by Hunter and Grimmer [53].

Figure 4.20: Overview of the components of the T700 model realized with WEST

Figure 4.21: Cross-section of the T700 engine from Grieb [18]

The T700-GE-700 (the initial version from which the whole familiy started) is a free-turbine turboshaft
engine without an integrated gearbox. It comprises a five-stage axial and one-stage centrifugal mixed-flow
compressor characterized by the use of single piece blisk axial stages.

The engine has an annular combustion chamber with central fuel injection to enhance combustion and
minimize smoke emissions. It also incorporates a two-stage gas generator turbine and a two-stage free power
turbine with tip-shrouded blades.A simplified prcoess flow diagram of the engine is provided in Figure 4.20 ,
while its cross section in Figure 4.21.

The design incorporates also an inlet particle separator to remove dirt, sand, and dust.
The inputs of this model are reported in Table 4.10, Table 4.13 , Table 4.13 and Table 4.12 All inputs

were tuned to obtain the closest possible match between the flow path of the modelled engine and the one
represented in the cross section.
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COMPRESSORS

Duty Coefficient Unit Value
Flow coefficient,φ [-] 0.4

Work coefficient, ψ [-] 0.4
Degree of reaction, R [-] 0.5

Thermodynamic Unit Value
ṁ [kg/s] 4.57
Ẇ [MW] 1.188
Ω [RPM] 44740

Tt ,i n [K] 300
Pt ,i n [bar] 1
βt t [-] 6.5
ηt t [-] 0.91

General Design Unit Value
Stage Count [-] 5

Fixed Diameter [-] Mid
Guide Vane [-] True
Geometry Unit Value
Row Gap [-] 0.25

Stage Gap [-] 0.45
Rotor Taper Ratio [-] 0.6

First Stage Rotor Aspect Ratio [-] 2.3
Last Stage Rotor Aspect Ratio [-] 1.65

Stator Taper Ratio [-] 0.65
First Stage Stator Aspect Ratio [-] 2.9
Last Stage Stator Aspect Ratio [-] 1.9

Disk Type [-] Web (Blisk)
rsh,max [m] 0.02

Material Unit Value
Stator Vane [-] 17-4PH
Rotor Blade [-] 17-4PH

Disk Material [-] 17-4PH
Casing Material [-] 17-4PH

Table 4.10: Input parameters for the axial compressor of the T700 engine

Duty Coefficient Unit Value
Flow coefficient,φ [-] 0.28

Work coefficient, ψ [-] 0.5
Degree of reaction, R [-] 0.7

Thermodynamic Unit Value
ṁ [kg/s] 4.57
Ω [RPM] 44740

Tt ,i n [K] 560
Pt ,i n [bar] 6.5
βt t [-] 2.7
ηt t [-] 0.91

General Design Unit Value
Shape Factor [-] 0.45

Splitter Blades [-] True
Splitter Length [-] 0.5

Geometry Unit Value
Disk Type [-] ’B’

rsh,max [m] 0.02
rmax [m] 0.191a

Material Unit Value
Diffuser Vane [-] IN 718

Disk/Blade Material [-] IN 718
Casing Material [-] 17-4PH

aspecified to better match the existing geometry

Table 4.11: Input parameters for T700 radial
compressor stage

COMBUSTOR

Thermodynamic Unit Value
ṁai r [kg/s] 4.57

ṁ f uel [kg/s] 0.13
pt ,i n [bar] 17.5

pt ,out [bar] 16.7
Tt ,i n [K] 750

Tt ,out [K] 1400
Vm [m/s] 27

Table 4.12: Input parameters for T700 annular combustor
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TURBINES

Gas Generator Turbine Free Power Turbine
Duty Coefficient Unit Value Value

Flow coefficient,φ [-] 0.41 0.4
Work coefficient, ψ [-] 1.7 1.4

Degree of reaction, R [-] 0.48 0.5
Thermodynamic Unit Value Value

ṁ [kg/s] 4.7 4.7
Ẇ [MW] 2.0 1.3
Ω [RPM] 44740 22000

Tt ,i n [K] 1400 1020
Pt ,i n [bar] 16.7 4.65

Tcool i ng [K] 500 -
ηt t [-] 0.91 0.91

General Design Unit Value Value
Stage Count [-] 2 2

Fixed Diameter [-] Hub Hub
Zweifel Coefficient,ΨZ [-] 0.7 0.7

Cooled Blades [-] True False
Geometry Unit Value Value
Row Gap [-] 0.567 0.4

Stage Gap [-] 0.567 0.4
Rotor Taper Ratio [-] 1 1

First Stage Rotor Aspect Ratio [-] 1 3
Last Stage Rotor Aspect Ratio [-] 1.6 4.4

Stator Taper Ratio [-] 1 1
First Stage Stator Aspect Ratio [-] 1 3
Last Stage Stator Aspect Ratio [-] 1.2 4.3

Disk Type [-] Web Web (Shrouded)
rsh,max [m] 0.02 0.04

Material Unit Value Value
Stator Vane [-] NI 105 NI 105
Rotor Blade [-] IN 718 NI 105

Disk Material [-] IN 718 NI 105
Casing Material [-] NI 105 NI 105

Table 4.13: Input parameters for T700 axial turbine stages
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Component Weight
[-] [kg]

Axial compressor 9.79
inter-compressor connecting shaft 0.15
inter-compressor connecting duct 0.16

First stage inlet frame 6.10
Radial compressor 5.08

casing 1.72
disk + blades 3.30
stator vanes 0.06
Combustor 27.55

frame 23.30
Gas generator turbine 6.58

Inter-turbine frame 11.91
Turbine connecting duct 0.54

Free power turbine 7.52
Free power turbine frame 17.93

Gas generator shaft 0.38
Power output shaft 1.41

Accessories 16.17
Total weight 111.30

Table 4.14: Design results of the GE T700 turboshaft engine

The results of the preliminary design are reported in Table 4.14.The total weight of the modelled engine (111.30
kg) is greatly underestimated compared to the published data of 207kg [62]. This can be partly explained
with the fact that not all design features and components of the engine are modelled. For example the inlet
particle separator, which according to Grieb [6] accounts for as much as 16% of the gas generator weight, is not
accounted in the weight estimation.

The outer casing and other potential additional components that contribute to the total dry weight of the
engine (de-icing systems, variable inlet guide vanes) are also not modelled.

If the mass of the particle separator, estimated based on the rule of thumb reported by Grieb, is subtracted
from the published weight, the underestimation by the program is of about −37% which is still within the
−40%/+10% accuracy expectation of the WEST tool. Notice, however, that the good geometry match between
the model and the cross section of the real engine (see Figures 4.22 and 4.23) suggests that if the non-modelled
additional components were accounted for, the accuracy in the weight would estimation be much higher.
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Figure 4.22: Mechanical design results of the GE-T700 turboshaft engine

Figure 4.23: Overlay of GE-T700 actual and WEST cross-sections [18]

The match between the generated engine cross-section (Figure 4.23) and its real counterpart is very
good. In the flow path the largest mismatch is observed close to the transition between the axial and radial
compressor stages, as the axial compressor design methodology allows only for mid, hub or tip fixed diameters.
So the more complex shape of this engine cannot be fully captured.

The annular combustor was designed using the annular combustor model available in WEST. It is apparent,
however, that this model does not accurately match the real geometry. This should not impact significantly the
weight estimation as most of the combustor weight is represented by the frame, whose weight only scales with
the outside radius that is prescribed in the analysis.

A small mismatch is found also in the geometry of the free power turbine disks and casing most likely due
to the fact that the free power turbine of this engine is built with tip shrouded blades. Even if a model was
introduced to account for the shroud’s centrifugal stress contribution, the shroud and the related casing weight
is still not accounted.

Even though the weight is underestimated by a large margin, the matching of the geometry is still very
good, and with the addition of models for the excluded components the results should greatly improve.



4.6. SENSITIVITY ANALYSIS 75

4.6. SENSITIVITY ANALYSIS

Using the MTR390 turboshaft engine model developed in section 4.5.1 a series of analyses was conducted to
observe the behaviour of the model as key design parameters of the engine are changed.

Three sets of results are obtained varying the mass flow rate by ±25% (section 4.6.1), the overall pressure
ratio by ±15% (section 4.6.2) and the turbine inlet temperature by ±7% (section 4.6.3).

4.6.1. MASS FLOW RATE

The sensitivity of the engine weight to the variation in mass flow rate was evaluated by varying the design mass
flow rate of the engine by a factor of ±25%.

The inputs of the design are the same as shown in section 4.5.1 except for the mass flow rate, and the power
output of the turbines.

The power output of the turbines has to be scaled for both the gas generator and the free power turbine.
The gas generator turbine needs to provide the necessary power for the compressor stages, as more power is
needed for the same pressure ratio if the mass flow rate is increased and less power if it is decreased. Assuming
that the pressures and temperature are to be kept the same across the free power turbine as the original engine
design, the power output of this component changes with the mass flow rate. The power outputs of the turbine
stages are reported in Table 4.15.

0.75 ·ṁnomi nal ṁnomi nal 1.25 ·ṁnomi nal

Component Power Power Power
[-] [kW] [kW] [kW]

HPT 900 1200 1500
FPT 727.5 970 1212.5

Table 4.15: Adjusted turbine powers for mass flow scaling for the MTR390 engine model

Figures 4.24 and 4.25 show the estimated geometries of the two analysed engines, while the other results
are reported in Tables 4.16 and 4.17.

Figure 4.24: Mechanical design results of the MTR390-2C turboshaft
engine with ṁ = 0.75 ·ṁnomi nal

Figure 4.25: Mechanical design results of the MTR390-2C turboshaft
enginewith ṁ = 1.25 ·ṁnomi nal
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0.75 ·ṁnomi nal ṁnomi nal 1.25 ·ṁnomi nal

Component Weight Weight Weight
[-] [kg] [kg] [kg]

First stage compressor 5.57 7.01 8.96
casing 1.87 2.31 2.81

disk + blades 3.64 4.59 5.97
stator vanes 0.06 0.11 0.18

inter-compressor connecting shaft 0.08 0.11 0.15
First stage inlet frame 2.81 3.76 4.70

Return channel 2.31 2.55 2.70
vanes 0.55 0.55 0.61

Second stage compressor 3.75 4.35 5.01
casing 1.85 2.06 2.27

disk + blades 1.77 2.1 2.49
stator vanes 0.13 0.19 0.29
Combustor 36.25 37.51 38.71

de-swirler vanes 0.08 0.10 0.12
de-swirler duct 0.80 0.79 0.77
casing + liner 6.45 6.68 6.89

frame 28.73 29.74 30.73
Gas generator turbine 3.12 4.64 6.86

Inter-turbine frame 8.71 8.87 9.03
Turbine connecting duct 0.87 0.86 0.85

Free power turbine 7.95 12.57 18.27
Free power turbine frame 8.65 9.35 10.05

Gas generator shaft 0.24 0.26 0.27
Power output shaft 0.84 0.87 0.92

Accessories 13.40 15.33 17.65
Total weight 92.25 105.48 121.45

Table 4.16: Design results of the MTR390-2C turboshaft engine

0.75 ·ṁnomi nal 1.25 ·ṁnomi nal

Assembly ∆Weight ∆Weight
[-] [%] [%]

First stage compressor -20.5 +27.8
Return channel -9.4 +5.9

Second stage compressor -13.8 +15.2
Combustor -3.3 +3.2

Gas generator turbine -32.8 +47.8
Turbine connecting duct +1.1 -1.2

Free power turbine -12.57 +45.3
Frames -5.6 +5.4

Total -12.5 +15.1

Table 4.17: Weight variation of each assembly as a result of the mass flow rate scaling

Increasing the mass flow rate through the engine results in an increase of the overall weight of every
component of the engine. Thus, the whole engine design is scaled up.

The weight of the engine is increased by 15.1% for an increase in mass flow rate of 25% as the outer diameter
of the components is not changed by a large amount, leading to a smaller change in the combined weight of
the frames, which covers about half of the total estimated weight. A similar trend is observed for the reduction
in mass flow rate of −25%, which yields a reduction in total engine weight of −12.5% while the frames weight is
only reduced by −5.6%.

The components more affected by the change in mass flow rate and power requirement are the two turbine
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spools, that increase in weight by more than 40% when the mass flow rate is increased. This can be attributed
to the increase in power output, which leads to bigger blades and thus much "thicker" disks; a similar but
opposite trend is observed when the mass flow rate is reduced.

4.6.2. OVERALL PRESSURE RATIO

The sensitivity of the engine weight to the variation in overall pressure ratio was evaluated by varying the
design pressure ratio of the engine (OPR = 13) by ±2.

The inputs of the model are the same of Section 4.5.1 except for OPR, and the power output of the turbines.

The power output of the turbines has to be scaled for both the gas generator and the free power turbine.
The gas generator turbine needs to provide the necessary power for the compressor stages, as more power
is needed if the design pressure ratio is increased and the mass flow rate is kept the same. Assuming that
the exhaust pressure and temperature of the engine are the same as in the original engine design, the power
output of this component slightly changes for different compressor pressure ratios. The power outputs of the
turbine stages are reported in Table 4.18.

OPR = 11 OPR = 13 OPR = 15
Component Power Power Power

[-] [kW] [kW] [kW]
HPT 1090 1200 1300
FPT 956.2 970 973.1

Table 4.18: Adjusted turbine powers for overall pressure ratio for the MTR390 engine model

Note that the powers of the free power turbine shown in table 4.18 are very similar, so the alternative
engines may also be confronted as if they had the same power output, as the mass flow rate adjustment
(described in Section 4.6.1) required to reach the same power output would be of less than 2%.

Figures 4.26 and 4.27 show the estimated engine geometries of the two analysed engines, while the overall
results are reported in Tables 4.19 and 4.20.

Figure 4.26: Mechanical design results of the MTR390-2C turboshaft
engine with OPR = 11

Figure 4.27: Mechanical design results of the MTR390-2C turboshaft
enginewith OPR = 15
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OPR = 11 OPR = 13 OPR = 15
Component Weight Weight Weight

[-] [kg] [kg] [kg]
First stage compressor 7.08 7.01 7.01

casing 2.32 2.31 2.31
disk + blades 4.61 4.59 4.61
stator vanes 0.13 0.11 0.09

inter-compressor connecting shaft 0.13 0.11 0.10
First stage inlet frame 3.88 3.76 3.66

Return channel 2.51 2.55 2.55
vanes 0.56 0.55 0.51

Second stage compressor 4.38 4.35 4.39
casing 2.00 2.06 2.13

disk + blades 2.12 2.1 2.11
stator vanes 0.26 0.19 0.14
Combustor 34.96 37.51 41.11

de-swirler vanes 0.10 0.10 0.09
de-swirler duct 0.68 0.79 1.11
casing + liner 6.20 6.68 8.04

frame 27.79 29.74 31.67
Gas generator turbine 5.90 4.64 4.09

Inter-turbine frame 8.26 8.87 9.45
Turbine connecting duct 0.83 0.86 0.88

Free power turbine 17.58 12.57 14.39
Free power turbine frame 9.72 9.35 9.60

Gas generator shaft 0.25 0.26 0.26
Power output shaft 0.89 0.87 0.87

Accessories 15.96 15.33 16.29
Total weight 109.83 105.48 112.08

Table 4.19: Design results of the MTR390-2C turboshaft engine

OPR = 11 OPR = 15
Assembly ∆Weight ∆Weight

[-] [%] [%]
First stage compressor +1.0 +0.0

Return channel -1.6 +0.0
Second stage compressor +0.7 +0.9

Combustor -6.8 +9.6
Gas generator turbine +27.7 -11.9

Turbine connecting duct -3.5 +2.3
Free power turbine +39.9 +14.5

Frames -4.0 +5.1
Total +4.1 +6.3

Table 4.20: Weight variation of each assembly as a result of the overall pressure ratio scaling

The change in pressure ratio is mainly affecting the turbine stage design. The decrease in pressure ratio
leads to taller blades. If the aspect ratio is kept constant, the blades become also longer, increasing the weight
of the disks by a large margin, as shown in Table 4.20. The gas generator turbine increases in weight by 27.7%
and the free power turbine by 39.9% even if the output power is lower for both.

The increase in pressure ratio reduces the weight of the gas generator turbine for the same reason described
earlier: the blades become shorter due to higher pressure, whereas the weight of the free power turbine is
increased, mainly due to the increased weight of the disks.

Overall the pressure ratio does not have a large impact on the total engine weight. If the aspect ratios of the
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blades were adjusted given the taller blades, the difference in weight would probably be even lower.

4.6.3. TURBINE INLET TEMPERATURE

The sensitivity of the engine weight to the variation in turbine inlet temperature was evaluated by varying the
design turbine inlet temperature of the engine (T I T = 1450K ) by ±100K .

The inputs of the model are left the same of Section 4.5.1 except for the turbine inlet temperature and the
design power output of the free power turbine, which is reduced to allow the free power turbine to have the
same outlet total pressure as the original design. The power outputs of the turbine stages are reported in Table
4.21.

T I T = 1350 T I T = 1450 T I T = 1550
Component Power Power Power

[-] [kW] [kW] [kW]
FPT 814.6 970 1126.2

Table 4.21: Adjusted turbine powers for turbine inlet temperature for the MTR390 engine model

Alternatively, the engine mass flow rate through the engine can be adjusted in order to match the power
output of the original engine. In this case, the turbine power changes as in Table 4.22.

T I T = 1350 T I T = 1450 T I T = 1550
1.19 ·ṁnomi nal ṁnomi nal 0.86 ·ṁnomi nal

Component Power Power Power
[-] [kW] [kW] [kW]

HPT 1428 1200 1032
FPT 970 970 970

Table 4.22: Adjusted turbine powers for mass flow scaling for the MTR390 engine model to match the output power of the original engine
with different turbine inlet temperatures

Figures 4.28,4.29, 4.31, and 4.31 show the estimated engine geometries of the four analysed engines, the
rest of the results are reported in Tables 4.23 and 4.24.

Figure 4.28: Mechanical design results of the MTR390-2C turboshaft
engine with T I T = 1350

Figure 4.29: Mechanical design results of the MTR390-2C turboshaft
enginewith T I T = 1550
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Figure 4.30: Mechanical design results of the MTR390-2C turboshaft
engine with T I T = 1350 and ṁ = 1.19 ·ṁnomi nal

Figure 4.31: Mechanical design results of the MTR390-2C turboshaft
enginewith T I T = 1550 and ṁ = 0.86 ·ṁnomi nal

T I T = 1350 T I T = 1350 T I T = 1450 T I T = 1550 T I T = 1550
ṁ = 119% ṁ = 86%

Component Weight Weight Weight Weight Weight
[-] [kg] [kg] [kg] [kg] [kg]

First stage compressor 7.01 8.51 7.01 7.01 6.16
casing 2.31 2.69 2.31 2.31 2.07

disk + blades 4.59 5.65 4.59 4.59 4.02
stator vanes 0.11 0.17 0.11 0.11 0.08

inter-compressor connecting shaft 0.11 0.14 0.11 0.11 0.10
First stage inlet frame 3.76 4.47 3.76 3.76 3.23

Return channel 2.55 2.64 2.55 2.55 2.42
vanes 0.55 0.58 0.55 0.55 0.48

Second stage compressor 4.35 4.87 4.35 4.35 3.96
casing 2.06 2.23 2.06 2.06 1.94

disk + blades 2.10 2.39 2.10 2.10 1.88
stator vanes 0.19 0.25 0.19 0.19 0.13
Combustor 37.51 38.43 37.51 37.52 36.83

de-swirler vanes 0.10 0.11 0.10 0.10 0.08
de-swirler duct 0.79 0.77 0.79 0.79 0.80
casing + liner 6.68 6.85 6.68 6.69 6.57

frame 29.74 30.49 29.74 29.74 29.20
Gas generator turbine 3.53 5.44 4.64 6.19 4.17

Inter-turbine frame 8.85 8.96 8.87 8.89 8.80
Turbine connecting duct 0.82 0.82 0.86 0.89 0.90

Free power turbine 15.74 20.28 12.57 17.53 13.20
Free power turbine frame 9.07 9.67 9.35 10.39 9.93

Gas generator shaft 0.26 0.27 0.26 0.26 0.25
Power output shaft 0.85 0.89 0.87 0.91 0.89

Accessories 15.62 17.47 15.33 16.61 15.03
Total weight 107.48 120.20 105.48 114.31 103.45

Table 4.23: Design results of the MTR390-2C turboshaft engine
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T I T = 1350 T I T = 1350 T I T = 1550 T I T = 1550
ṁ = 119% ṁ = 86%

Assembly ∆Weight ∆Weight ∆Weight ∆Weight
[-] [%] [%] [%] [%]

First stage compressor +0.0 +21.4 +0.0 -12.1
Return channel +0.0 +3.5 +0.0 -5.1

Second stage compressor +0.0 +12.0 +0.0 -9.0
Combustor +0.0 +2.5 +0.0 -1.8

Gas generator turbine -23.9 +17.2 +33.4 -10.1
Turbine connecting duct -4.7 -4.7 +3.5 +4.7

Free power turbine +25.2 +61.3 +39.5 +5.0
Frames -0.6 +3.6 +2.0 -1.0

Total +1.9 +14.0 +8.4 -1.9

Table 4.24: Weight variation of each assembly as a result of the turbine inlet temperature scaling

The trend shown by the results in Tables 4.23 and 4.24 is quite interesting; if the turbine inlet temperature
is changed without scaling the mass flow rate of the engine, the compressor assembly does not change at all,
whereas all effects are concentrated in the turbine stages.

As could be expected, a lower turbine inlet temperature reduces the weight of the gas generator turbine, as
the thickness of the casing can be lower, as well as the thickness of the disk. This results in a weight reduction
of the turbine by −23.9%. The opposite effect is observed in the case of increased turbine inlet temperature:
the increased thickness of the casing and volume of the disk cause an increase in weight of 33.4%.

If the mass flow rate is not adjusted to maintain the nominal engine power output constant, the free power
turbine weight always increases regardless of the turbine inlet temperature value. In the case of lowered TIT,
this effect can be attributed most likely to the same phenomenon described for OPR scaling (Section 4.6.2),
where the height of the flow channel becomes larger if the OPR is reduced and therefore the blades and the
disks are axially longer as the aspect ratio is the same. In the case of increased TIT, the higher weight can
be attributed to the overall higher power output and operating temperature of the stage, which increase the
structural loads on the disks.

The weights of the various frames, being only a function of the outer radius, do not vary a lot. However, as
they represent about half of the total engine’s estimated weight, a variation of 2% of the weight of the frames,
as is the case for T I T = 1550, can contribute alone to about 15% of the total engine weight increase, or 1.3% of
the original engine’s weight.

If the mass flow rate was scaled to match the power output of the original engine, the same effects to what
was discussed in section 4.6.1 with regards to the mass flow scaling, are observed. It is worth mentioning that
the model with T I T = 1550 yields a lower weight by −1.9% compared to the original engine, as the same power
output can be achieved with a lower mass flow rate if the turbine inlet temperature is increased.





5
CONCLUSIONS AND RECOMMENDATIONS

The chapter is divided into three main sections, corresponding to the three main modeling activities described
in this thesis, with an additional fourth section dedicated to recommendations on the future development of
the WEST tool.

5.1. ASPECT RATIO OF AXIAL COMPRESSOR BLADES
WEST is conceived as a preliminary design and component-based weight estimation method for turbine
engines given high-level thermodynamic specifications and design inputs. However, the methodology for
the preliminary design implemented in WEST for axial compressors requires information about the blade
geometry, such as the blade aspect ratio, that the user may find difficult to specify properly.

The primary objective of the first part of the thesis work was to investigate potential approaches for
automatically determining the optimal aspect ratio of the blades of axial compressor stages, minimizing
number of required model inputs.

An overview of the available literature on blade aspect ratios in axial compressors was presented in Section
2.1. Subsequently, an in-depth analysis using computational fluid dynamics was conducted to gain a compre-
hensive understanding of this design problem.

No real consensus was found in the literature on the effect of aspect ratio on axial compressor efficiency or
on possible preliminary methods to determine optimal blade aspect ratios in the meanline design phase.

A series of CFD based optimizations was conducted on a sample compressor stage using the MULTALL[40]
software while varying the number of blades, flow coefficient and work coefficient of the stage, in order to
obtain a better understanding of the interaction between these parameters and the resulting optimal range of
blade aspect ratio.

A similar analysis was performed with a meanline code implementing empirical models for the estimation
of stage losses, yielding very similar results to the CFD-based optimization study.

Based on information reported by E. Steinhardt [1], it was hypothesized that the optimal aspect ratio
may vary as a function of the stage work coefficient. This hypothesis was further supported by observing the
historical trend in axial compressor design, which shows an increase in work coefficient and a decrease in
aspect ratio the more modern the engine[2].

The simulations successfully reproduced the trends observed in the literature, but the initial objective
of implementing a fully automated method to determine the optimal aspect ratio was not fully achieved.
Nonetheless, the study provided valuable insights into the compressor blade design problem.

The main challenge lies in the strong relation between the optimal aspect ratio and the solidity or number of
blades of the stage. From an aerodynamics perspective, the results might suggest that the optimal compressor
design solution is to adopt "infinitely many, infinitely thin" blades. At the same time, this solution is impractical
for both structural and manufacturing considerations. A rough estimation of stresses indicated that structural
limitations might be more related to vibrations and fluid-structure interactions than mechanical stresses. At
the same time, the WEST software does not allow for an evaluation of these effects.

83
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Nevertheless, the results obtained using the meanline code showed that if the optimal solidity/number of
blades could be defined independently of the aspect ratio, this code could be effectively used to determine the
optimal aspect ratio.

A potential solution to address the interdependence between the aspect ratio and the solidity/number of
blades in the stage has been identified in the criterion introduced by Lieblein [42, 19]. This criterion offers a
means to estimate the optimal stage solidity solely based on velocity triangles, provided that an assumption is
made about the diffusion factor. By employing this approach it became possible to replicate the trend outlined
by Steinhardt [1]. However, it is worth noting that the calculated efficiency of stage configurations with optimal
aspect ratios obtained through this method was lower than what achieved when the aspect ratio was varied
independently of blade count.

Further research into how Lieblein’s criterion can be combined with meanline-based loss models to
estimate the optimal aspect ratio during the preliminary design phase is highly likely to yield promising results
for the future development of the WEST tool. If this method is rigorously validated through comparisons with
designs from existing engines, it could potentially be integrated into WEST to determine the aspect ratio of
axial compressor stages without necessitating additional user inputs.

5.2. MODELLING OF RADIAL COMPRESSORS
Large turbofan engines rely on axial turbomachinery to handle significant mass flow rates, while smaller
turboshafts feature axial and radial stages, or even a combination of the two technologies.

Given the interest in the ARENA project in small-capacity turboshafts, the WEST tool was then extended to
deal with radial compressors.

The design of the radial compressor stage can be divided into three main steps: the definition of the flow
path (blades and diffuser vanes), the sizing of the disks, and the casing. The implented design procedure
follows this sequence.

More in detail, the meanline code follows the preliminary meanline design procedure detailed by M.
Gambini, M. Vellini [5], and R.H. Aungier [43]. The calculation procedure involves two nested iterative loops:
one to determine the stage efficiency based on loss models and a second one to ensure that the effective
total-to-total pressure ratio of the compressor meets the design requirement. The first loop is omitted in case
the efficiency is provided as input by the user.

In order to more precisely design the impeller disk, a new preliminary stress analysis methodology was
developed, based on the works by Schilhansl [11] and Ray et al. [9]; this method estimates the radial and
tangential stress distributions in the impeller disk caused by mechanical as well as thermal loads. The
developed methodology was validated by comparing the results with those of a finite element model of a radial
compressor developed by A.Giuffrè [12]. The comparison shows a very good accuracy of the implemented
analytical method in predicting the stress distribution in the disk.

The developed stress analysis methodology was also adapted to calculate the stresses in axial turboma-
chinery disks, greatly decreasing the computational time without any accuracy penalty with respect to the
algorithm previously implemented in WEST. This is a remarkable achievement given that the disk sizing
procedure is called by an optimizer to minimize the engine weight.

5.3. MODELLING OF TURBOSHAFT ENGINES
To perform the modeling of turboshaft engines, several additional components were added to the WEST tool.
These include the return channel, which connects multiple radial compressor stages, and the reverse-flow
combustor, commonly found in compact turboshaft engines. Additionally, some adjustments were made to
the existing methodology to account for specific characteristics of turboshafts, such as integrated gearboxes,
blisks and shrouded turbine blades.

To validate the accuracy of the tool, two existing turboshaft engines were simulated using the WEST
software: the MTU Turbomeca Rolls-Royce MTR390 and the General Electric T700 (Sections 4.5.1 and 4.5.2).

The total weights of the two engines were found to be highly underestimated, whereas the predicted flow
path and the geometry of other engine components match very closely the actual engines. As the weight
estimation method does not model all engine components (missing elements include, but are not only limited
to: engine outer casing, inlet and outlet ducts, gearbox accessories, turbine shrouds...)the underestimation
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of the engine weight was expected. Large uncertainty is also introduced by the gearbox model, as in some
cases different empirical methods yielded very different weight estimates, such as in the case of the MTR390
integrated gearbox.

The lack of available data about component weights of turboshaft engines prevents a thorough validation
of the WEST tool, though the good match with the actual engine geometry and the physical soundness of the
generated designs gives some confidence in the accuracy of the weight estimation method.

It is hypothesized that if more components of the engine are modelled and a detailed turboshaft weight
breakdown is available, the results will turn out to be more accurate than what can be concluded at first glance.

A sensitivity study was performed on the model of the MTU Turbomeca Rolls-Royce MTR390 to estimate
how the geometry and weight of the engine would vary when some of the high-level design parameters are
changed. The parameters taken into consideration for this study are the air mass flow rate, the overall pressure
ratio and the turbine inlet temperature.

The behaviour of the engine model follows the expected outcome for a change in mass flow rate through
the engine. Increasing the mass flow rate leads to a higher weight in every component of the engine, and the
opposite effect is obtained if the mass flow rate is decreased. The relative change in engine mass is about half
of the relative change in mass flow rate: the mass of the engine increases by 15% with a mass flow rate increase
of 25% and decreases by −13% with a mass flow rate decrease of −25%.

The weight of the engine is not affected as much by the overall pressure ratio as it is by the mass flow rate;
the main effect of the design change is observed in the combustor and the turbines. A lower pressure ratio
leads to a wider flow passage through the turbine stages. The taller and wider turbine blades require bigger
disks, and thus the overall weight is increased. If the pressure ratio is increased, however, the outer radius of
the combustor and turbines increases; this mainly affects the weight of the frames, which accounts for most of
the increase in engine weight.

The turbine inlet temperature was varied in four test cases; in two cases the temperature was increased
and decreased and the mass flow rate through the engine was kept constant, while in the other two cases the
mass flow rate was adjusted so that the power output of the engine remained constant. If the mass flow rate is
kept constant, the compressor and combustor are not affected by the change in turbine inlet temperature. The
weight of the engine is slightly higher if the turbine inlet temperature is either increased or decreased. If the
mass flow rate is adjusted, however, the increased turbine inlet temperature case yields an engine design with
a lower weight than the original engine model.

The validation of the WEST models against the data of real engines and the outcomes of the sensitivity
analysis demonstrate that the tool is capable of providing consistent and realistic results for a variety of design
inputs. The development of the tool is not complete, and some additional features and improvements can be
implemented in the future. Some suggestions on possible improvements are listed in Section 5.4.

5.4. RECOMMENDATIONS
The aim of this section is to present new ideas or possible adaptations that can lead to a further improvement
of the WEST preliminary engine design methodology and weight estimation. These recommendations are
organized into three main categories:

• Extensions of the current methodology (Section 5.4.1). In this section, suggestions are provided for ex-
panding the capabilities of the current methodologies. This includes additional features and component
models to broaden the range of engines that can be modeled.

• Improvements to the current methodology (Section 5.4.2). This section addresses potential enhance-
ments and refinements of the existing methodologiy to increase the accuracy, efficiency, or usability of
the program.

• Computational cost reduction (Section 5.4.3). Here, strategies for reducing the computational burden of
the program are discussed. This is crucial to make the tool suitable for extensive optimization studies.

5.4.1. POSSIBLE EXTENSIONS OF THE TOOL
• The current model for radial compressor stages can be modified with relative minor efforts to include

the possibility of adopting a volute instead of a 90o bend at the outlet of the vaned diffuser. This would
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allow the user to model compressor stages of smaller-scale gas generators, such as those of auxiliary
power units.

• A detailed component-based model may be added for the gearbox weight estimation. This would allow
for a more precise estimation of the weight of the gearbox often attached to turboshaft engines.

• A model for the fan of the turbofan engines, and for propellers of turboprop engines can be added to the
program. This would expand the modelling capabilities of the program.

• Materials and related temperature-dependent properties database of the program can be extended.
WATE++ [51] and GTlab [45] databases are valuable resources for this purpose. By incorporating a wider
range of materials, such as advanced alloys, composites, and coatings in WEST the user will have more
options to properly model the various engine components.

• Models of other common components of turboshaft engines, such as inlet particle separators, variable
geometry guide vanes and inlet ducts, should be added to the program. This will both expand the
modelling capabilities of the program and aide in the validation of the existing models, as discussed in
the previous section.

• A model for radial inflow turbines is still missing. This would allow to model the turbine stages of many
small scale gas generators, such as those of auxiliary power units.

5.4.2. METHOD IMPROVEMENTS
• If the method based on Lieblein’s [42, 19] criterion is rigorously validated through comparisons with

designs from existing engines, it could potentially be integrated into WEST to determine the aspect ratio
of axial compressor stages without necessitating additional user inputs. A similar procedure can be done
for axial turbine stages as well. Alternatively, the geometrical correlations by Greitzer et al. [4] can be
implemented to determine the aspect ratio of the stage based only on the blade height.

• To improve the method for determining the number of blades in an axial compressor row in WEST and
ensure accuracy, it is recommended to use the true chord instead of the axial chord when calculating the
maximum pitch, in accordance with the original model.

• The temperature distribution assumed in radial compressor disks can be improved by modeling the heat
transfer through the disk. This procedure may be implemented for axial turbomachinery as well.

• The reverse-flow combustor model can be improved by incorporating a more physically-based procedure
for the preliminary design of this component.

• The annular combustor geometry should be adapted make it more compliant with the channel shape
used in turboshaft engine applications where the component is connected to the outlet of a radial
compressor stage, as during the validation steps it was found that the available geometry model did not
align well with the T700 annular combustor.

• The accuracy of thermodynamic calculations can be increased by accounting for the variation of the
working fluid thermodynamic properties with temperature.

• The implementation of a methodology to calculate the stresses in impeller blades would allow for a
better, more phisically-based, estimation of the blade thickness.

• The stress calculation procedure should take into account the taper of the blade thickness between the
root and tip.

• The minimum thickness of the disk tip may be calculated based on a minimization of the displacement
at that location, as presented by Zheng et al. [63], given the fluid force acting on the disk. A method to
estimate this force is then required.

• The radial compressor weight estimation should account for the possibility of inlet guide vanes,in a
similar way as already done in WEST for axial compressors.
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5.4.3. COMPUTATIONAL COSTS
The computation time of the program, which is mainly affected by the disk geometry optimization procedure,
has been significantly reduced thanks to the developed stress calculation procedure.

In order to further reduce computational costs, the discretization technique used for both axial and radial
turbomachinery disks can be adjusted to allow for a nonuniform distribution of the element radial thickness.
Mesh refinements can be adopted around thickness discontinuities or areas of abrupt change in the geometry.
The accuracy of the results can be improved or preserved even if the number of total elements is reduced.

Reducing the number of elements would lead to a reduction in the computation time required by the
program.





A
MEANLINE LOSS MODEL FOR AXIAL

COMPRESSORS

In this appendix the full set of loss models used for the analysis of axial compressors in section 2.4.1 is reported
and briefly explained.

This set is mostly based on the equations provided in the book by M.Gambini and M.Vellini [5] with some
minor adjustments.

A.1. PRESSURE LOSS BREAKDOWN
the total pressure loss coefficients for the rotor and stator are defined as follows, with station 1 being at the
inlet of the rotor, station 2 being between the rotor and the stator and station 3 being at the outlet of the stator.

Ytot ,R = p1tr −p2tr

p1tr −p1
(A.1)

Ytot ,S = p2t −p3t

p2t −p2
(A.2)

Where p−tr is the relative total pressure (based on relative velocities),p−t is the total pressure and p− the static
pressure; the total loss coefficient combines the profile losses, secondary losses, endwall losses, shockwave
losses and tip clearance losses:

Ytot ,− = Yp +Ys +Yew +Yshock +YTC (A.3)

A.1.1. PROFILE LOSSES
The full set of equations as given by the book [5] is reported here, no detailed explanation will be given for
these equations as it is already provided by the authors, the full set is only included for completeness and
repeatability of the results.

Yp = 2 · θ2,C ·σ
cos(β2)

·
(

cos(β1)

cos(β2)

)2

· 2 ·Hte

3 ·Hte −1
·
(
1− θ2,C ·σ ·Hte

cos(β2)

)−3

(A.4)

The calculation of the profile losses is based on the model proposed by Lieblein [64] (equation A.4) and for
which the profile losses depend on the boundary-layer momentum thickness at the blade outlet (θ2), which in
this case is expressed as a ratio with the blade chord (θ2,C = θ2/C ) and the boundary layer trailing-edge shape
factor (HT E ).

These two parameters are calculated with the method provided by Koch and Smith [65] shown in equations
A.5 through A.22.

K1 = 0.2445 , K2 = 0.4458 , K3 = 0.7688 , K4 = 0.6024 (A.5)

Γ= (tan(β1)− tan(β2))cos(β1)

σ
(A.6)
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Athr oat = A1 − 1

3
(A1 − A2) (A.7)

Ao,thr oat =
1.0−K2σ

t/cmax

cos
(
β1+β2

2

)
 Athr oat

A1
(A.8)

ρt /ρ1 = 1−
M 2

1,r el

1−M 2
1,r el

(
1− Ao,thr oat −K1σΓ tan(β1)/cos(β1)

)
(A.9)

DFeq = w1

w2
(1+K3(t/cmax )+K4Γ)

√
(sin(β1)−K1σΓ)2 +

(
cos(β1)

Ao,thr oatρt /ρ1

)2

(A.10)

θ2,C0 = 2.664×10−3DFeq −1.519×10−4 + 6.713×10−3

2.60−DFeq
(A.11)

Hte,0 =
{

(0.91+0.35DFeq )(1+0.48(DFeq −1)4 +0.21(DFeq −1)6) if DFeq ≤ 2

2.7209 otherwise
(A.12)

n = 2.853+DFeq (−0.97747+0.19477DFeq ) (A.13)

ζm = 1.0+ (0.11757−0.16983DFeq )M n
tot (A.14)

ζh = 0.53
hb(1)

hb(2)
+0.47 (A.15)

Recr = 100
c

ks
(A.16)

ζr e =


(1×106/Re1)0.166 if Re1 ≤ Recr & Re1 ≥ 2×105

1.30626× (2×105/Re1)0.5 if Re1 ≤ Recr & Re1 < 2×105

(1×106/Recr )0.166 if Re1 > Recr & Recr ≥ 2×105

1.30626× (2×105/Recr )0.5 if Re1 > Recr & Recr < 2×105

(A.17)

ηm = 1.0+ (0.10725+DFeq · (−0.8671+0.18043 ·DFeq )) ·M 1.8
tot (A.18)

ηh = 1.0+ hb,1

hb,2
· (0.0026 ·DF 8

eq −0.024); (A.19)

ηr e =
{

1×106/Re1 Re1 < Recr

(1×106/Recr )0.06 otherwise
(A.20)

θ2,C = θ2,C0 ·ζm ·ζh ·ζr e ; (A.21)

Hte = Hte0 ·ηm ·ηh ·ηr e (A.22)

A.1.2. SECONDARY LOSSES
Secondary losses are evaluated using the model by Howell [66]:

βM = arctan

(
tan(β1)+ tan(β2)

2

)
(A.23)

cL =
∣∣∣∣ 2

σ
cos(βM )(tan(β1)− tan(β2))

∣∣∣∣ ; (A.24)

Ys = 0.018 · σ ·cos(β1)2

cos(βM )3 · c2
L ; (A.25)
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A.1.3. END WALL LOSSES
End wall losses are calculated by using the correlation proposed by Aungier [67]:

Yew = 0.0146 · 1

AR
·
(

cos(β1)

cos(β2)

)2

(A.26)

A.1.4. SHOCK WAVE LOSSES
Shock wave losses are calculated from an interpoaltion of the data provided by Koch and Smith [65]:

Yshock =
{

0.32M 2
1,r el −0.62M1,r el +0.3 if M1,r el ≥ 1

0 otherwise
(A.27)

A.1.5. TIP CLEARANCE LOSSES
Tip clearance losses can be calculated by using the correlations of Yaras and Sjolander [68]:

KE = 0.5 , KG = 1.0 , τ/hb = 1% (A.28)

Yt i p = 1.4 ·KE ·σ · (τ/hb) · cos2(β1)/cos3(βM ) · c1.5
L (A.29)

Yg ap = 0.0049 ·KG ·σ · 1

AR
·pcL/cos(βM ) (A.30)

YTC = Yt i p +Yg ap (A.31)





B
TIP DIAMETER RATIO OF A RADIAL

COMPRESSOR GIVEN THE MEANLINE INPUT

PARAMETERS

At the beginning of the radial compressor flow path meanline design, the tip and hub diameter ratios of the
stage have to be determined in order to establish the dimensions of the inlet of the stage, this appendix shows
how this step is accomplished.

First the isentropic total temperature at the outlet of the stage has to be calculated:

T3tis = T1t · (βt t )
γ−1
γ (B.1)

This allows to compute the specific work of the stage:

w = cp · (T3tis −T1t ) (B.2)

From the definition of work coefficient and flow coefficient the rotational velocities at the tip of the impeller
(outlet) and the inlet absolute flow velocity are then computed (the full procedure for the computation of the
velocity triangles is reported in section 3.1.3):

u2 =
√

w

ψ
(B.3)

v1 = u2 ·φ ·
√

1+ tan2(α1) (B.4)

v1,m = u2 ·φ (B.5)

The thermodynamics at the inlet of the stage, such as static enthalpy, static temperature, mach number,
static pressure and density can be then computed based on the velocity and the inlet flow characteristics:

h1t = T1t · cp (B.6)

h1 = h1t −
v2

1

2
(B.7)

T1 = h1

cp
(B.8)

m1 = v1√
γ ·R ·T1

(B.9)
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p1 = p1t(
1+ γ−1

2 ·m2
1

) γ
γ−1

(B.10)

ρ1 = p1

R ·T1
(B.11)

After the thermodynamic parameters at the inlet of the stage are determined, the volumetric flow rate at
the inlet can be calculated:

v̇1 = ṁa

ρ1
(B.12)

As both the volumetric flow rate and the inlet meridional velocities are known, the area at the inlet can be
easily computed:

A1 = v̇1

v1m
(B.13)

From the outlet rotational velocity and the rotational speed of the impeller, the outlet diameter can be
obtained:

D2 = 60

π
· u2

Ω
(B.14)

Once the area is calculated, all dimensions of the inlet can be derived if the impeller shape factor (k) is
known:

D1,t =
√

4A1

k ·π (B.15)

δt =
D1,t

D2
(B.16)

δh =
√
δ2

t −
4A1

π ·D2
2

(B.17)

D1,h = δh ·D2 (B.18)



C
STRESS ANALYSIS CALCULATION

PROCEDURE

This appendix reports the full calculation procedure used for the centrifugal and thermal stresses in a radial
compressor disk, mainly based on the work of Schilhansl [11] and Ray et al. [9].

What is provided here is intended to supplement the procedure detailed in section 3.3.2 providing all data
so that it may be possible to replicate.

The procedure is based on the hypothesis that the stresses in the impeller disk and blades follow these
stress-strain relations:

σr,D = E

1−ν2 · (ϵr +νϵt − (1+ν)αexp∆T
)

(C.1)

σt ,D = E

1−ν2 · (ϵt +νϵr − (1+ν)αexp∆T
)

(C.2)

And for the blade:

σr,B = E · (ϵr −αexp∆T
)

(C.3)

where the strain in the radial direction, ϵr and the strain in the tangential direction ϵt are expressed as a
function of the radial displacement and rotation, as done in section 3.3.2.

The restoring forces at the interface between the volume elements can be computed as a function of the
radial stresses at each location:

S = Sbl ade +Sdi sk =
∫ z2

z1

σr,B tB d z +
∫ z3

z2

σr,D r∆Φd z (C.4)

M =−
∫ z2

z1

σr,B tB zd z −
∫ z3

z2

σr,D r∆Φzd z (C.5)

If the integrations are carried out applying the stress-strain correlations, the equilibrating force and
moment can be expressed as follows:

S = sϵ ·ϵr,0 + sβ ·α′+ su ·u0 + sα ·α+ sT (C.6)

M = mϵ ·ϵr,0 +mβ ·α′+mu ·u0 +mα ·α+mT (C.7)

Where all the constants are calculated through the integration and are reported in equations C.8 through
C.15 as well as the expressions foe sT and mT reported in section 3.3.2.

mϵ,i =−E

tB ,i ·
(
z2

2,i − z2
1,i

)
2

+ 1

1−ν2 · ri∆Φ ·
(
z2

3,i − z2
2,i

)
2

 (C.8)
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mβ,i = E

tB ,i ·
(
z3

2,i − z3
1,i

)
3

+ 1

1−ν2 · ri∆Φ ·
(
z3

3,i − z3
2,i

)
3

 (C.9)

mu,i =− Eν

1−ν2 ·∆Φ ·
(
z2

3,i − z2
2,i

)
2

(C.10)

mα,i = Eν

1−ν2 ·∆Φ ·
(
z3

3,i − z3
2,i

)
3

(C.11)

sϵ,i = E

(
tB ,i

(
z2,i − z1,i

)+ 1

1−ν2 · ri ·∆Φ · (z3,i − z2,i
))

(C.12)

sβ,i =−E

tB ,i ·
(
z2

2,i − z2
1,i

)
2

+ 1

1−ν2 · ri ·∆Φ ·
(
z2

3,i − z2
2,i

)
2

 (C.13)

su,i = E · ν

1−ν2 ·∆Φ · (z3,i − z2,i
)

(C.14)

sα,i =−E · ν

1−ν2 ·∆Φ ·
(
z2

3,i − z2
2,i

)
2

(C.15)

Equations C.6 and C.7 can be then manipulated to yield a calculation procedure for the quantities ϵr 0 and
α′:

ϵr 0 = ϵS ·S +ϵM ·M +ϵu ·u0 +ϵα ·α+ϵT (C.16)

α′ =αS ·S +αM ·M +αu ·u0 +αα ·α+αT (C.17)

Were all the constants are defined as reported in equations C.18 through C.27:

ϵs,i =− mβ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.18)

ϵm,i =
sβ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.19)

ϵu,i =−mu,i · sβ,i −mβ,i · su,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.20)

ϵα,i =−mα,i · sβ,i −mβ,i · sα,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.21)

ϵT,i =−mT,i · sβ,i −mβ,i · sT,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.22)

αs,i =
mϵ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.23)

αm,i =− sϵ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.24)

αu,i =−mϵ,i · su,i −mu,i · sϵ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.25)

αα,i =−mϵ,i · sα,i −mα,i · sϵ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.26)

αT,i =−mϵ,i · sT,i −mT,i · sϵ,i

mϵ,i · sβ,i −mβ,i · sϵ,i
(C.27)

The procedure presented in section 3.3.2 can then be followed to calculate the stresses in the disk.



D
WEIGHT OF ARBITRARY SHAPED DUCTS AND

CASINGS

Many of the new elements added to the weight estimation program present casing curved casing or duct
sections, the weight of these sections is calculated by multiplying the total volume occupied by the material
with by the density of the material; however, the calculation of the volume is not trivial as the curved sections
need to be revolved around the center line of the engine.

Each curved casing section is divided into volume elements, for each of these elements the volume is then
calculated as if it was a diagonal casing section in the same way the volume of ducts and casings was already
calculated by the program.

Figure D.1: schematic of the geometry of a volume element

The volume of each element is calculated as follows:

Vi =
π · li ,i+1

3

((
r 2

outer,i + router,i · router,i+1 + r 2
outer,i+1

)
−

(
r 2

i nner,i + ri nner,i · ri nner,i+1 + r 2
i nner,i+1

))
(D.1)

Then the total weight of the casing/duct section can be easily calculated:

mtot = ρmat ·
Nsect i ons∑

i=1
Vi (D.2)

97





E
EXTENDED RESULTS

E.1. MTR390

E.1.1. FIRST STAGE COMPRESSOR

Figure E.1: Front view of the geometry of the
MTR390 first stage radial compressor model

stage rotor (red) and stator (blue) blades

Figure E.2: Plot of the MTR390 first stage
radial compressor model disk geometry

Figure E.3: Plot of the discretization of the
MTR390 first stage radial compressor with

100 volume elements

Figure E.4: Contour of the computed radial
stress in the MTR390 first stage radial

compressor disk

Figure E.5: Contour of the computed
tangential stress in the MTR390 first stage

radial compressor disk

Figure E.6: Contour of the computed von
Mises equivalent stress in the MTR390 first

stage radial compressor disk
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Figure E.7: Plot of the computed radial stress
in the MTR390 first stage radial compressor

disk at the front and back surfaces

Figure E.8: Plot of the computed tangential
stress in the MTR390 first stage radial
compressor disk at the front and back

surfaces

Figure E.9: Plot of the computed von Mises
equivalent stress in the MTR390 first stage

radial compressor disk at the front and back
surfaces

E.1.2. SECOND STAGE COMPRESSOR

Figure E.10: Front view of the geometry of
the MTR390 second stage radial compressor

model stage rotor (red) and stator (blue)
blades

Figure E.11: Plot of the MTR390 second stage
radial compressor model disk geometry

Figure E.12: Plot of the discretization of the
MTR390 second stage radial compressor with

100 volume elements

Figure E.13: Contour of the computed radial
stress in the MTR390 second stage radial

compressor disk

Figure E.14: Contour of the computed
tangential stress in the MTR390 second stage

radial compressor disk

Figure E.15: Contour of the computed von
Mises equivalent stress in the MTR390

second stage radial compressor disk
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Figure E.16: Plot of the computed radial
stress in the MTR390 second stage radial

compressor disk at the front and back
surfaces

Figure E.17: Plot of the computed tangential
stress in the MTR390 second stage radial

compressor disk at the front and back
surfaces

Figure E.18: Plot of the computed von Mises
equivalent stress in the MTR390 second stage
radial compressor disk at the front and back

surfaces

E.2. T700

E.2.1. RADIAL COMPRESSOR

Figure E.19: Front view of the geometry of
the T700 radial compressor model stage rotor

(red) and stator (blue) blades

Figure E.20: Plot of the T700 radial
compressor model disk geometry

Figure E.21: Plot of the discretization of the
T700 radial compressor with 100 volume

elements

Figure E.22: Contour of the computed radial
stress in the T700 radial compressor disk

Figure E.23: Contour of the computed
tangential stress in the T700 radial

compressor disk

Figure E.24: Contour of the computed von
Mises equivalent stress in the T700 radial

compressor disk
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Figure E.25: Plot of the computed radial
stress in the T700 radial compressor disk at

the front and back surfaces

Figure E.26: Plot of the computed tangential
stress in the T700 radial compressor disk at

the front and back surfaces

Figure E.27: Plot of the computed von Mises
equivalent stress in the T700 radial

compressor disk at the front and back
surfaces
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