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Abstract

Industrial drying processes are energy-intensive and account for a significant portion of energy con-
sumption in the paper, food, and wood processing industries. As the goal of achieving net-zero emis-
sions by 2050 gains importance, electrifying these processes with heat pumps emerges as a promising,
innovative solution. This study investigates the optimal configuration of heat pumps, the selection of
working fluids, and the sizing of components for a non-isenthalpic 530 kWth drying cycle that includes
evaporator bypass and recirculation of the humid air.

Two heat pump configurations were analysed: a single-stage heat pump and a cascade heat pump.
Both cycles were simulated and optimised using zeotropic mixtures of natural refrigerants, with molar
compositions adjusted to minimise total entropy production. The compressors and heat exchangers
were modelled and sized to facilitate a component-level comparison between the cycles.

The results indicate that using zeotropic mixtures improves the performance of both heat pump config-
urations. However, it is not always necessary to operate in transcritical mode for optimal performance.
A single-stage heat pump cycle using a zeotropic mixture of 96 mol% isobutane and 4 mol% propylene
exhibits the best performance, achieving a coefficient of performance (COP ) of 2.54. In comparison,
the best-performing cascade heat pump cycle has a COP that is 4.3% higher than that of the best
single-stage heat pump cycle. However, due to its 91% larger total heat transfer area and the require-
ment for two compressors, the capital costs of the cascade system are significantly higher than those
of the single-stage system.

In conclusion, the best option is a single-stage heat pump equipped with an internal heat exchanger,
using a zeotropic mixture of 96 mol% isobutane and 4 mol% propylene as the working fluid. This heat
pump cycle comprises three brazed plate heat exchangers with a total heat transfer area of 134 m²,
two finned-tube heat exchangers, and a two-stage centrifugal compressor. The compressor features
impellers with outer diameters of 61.9 mm for the first stage and 60.1 mm for the second stage.
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Nomenclature

Symbols
Latin symbol Definition Unit
A Area m2

B Corrugation depth m
Bd Bond number -
b Blade height m
b∗ Diffuser pinch -
COP Coefficient of performance -
C Absolute velocity m s−1

cp Specific heat capacity kJ kg−1 K−1

D Diameter m
Dh Hydraulic diameter m
FT LMTD correction factor -
f friction factor -
G Mass flux kg m−2 s−1

Gr Grashof number -
g Gravitational acceleration m s−2

h Specific enthalpy kJ kg−1

L Lenght m
Ldry Energy loss dryer as % of total heat input -
m Mass kg
ṁ Mass flow rate kg s−1

Ns Specific speed -
Pr Prandtl number -
p Pressure Pa
Q̇ Rate of heat transfer W
q Heat flux W m−2

Re Reynolds number -
s Specific entropy kJ kg−1 K−1

T Temperature K
T̄ Average temperature K
t Tip clearence height m
U Overall heat transfer coefficient W m−2 K−1

U Pheripheral speed m s−1

V̇ Volumetric flow rate m3 s−1

W Realative velocity m s−1

Ẇ Rate of work W
x vapour fraction -
Z Number of blades -
Greek symbol Definition Unit
α Heat transfer coefficient W m−2 K−1

β Cheveron angle of plate rad
Γ Surface tension N m−1

γ Heat capcaity ratio -
∆ Difference -
δ Thickness m
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η Efficiency -
ϑ Temperature °C
Λ Wave lenght of plate corrugation m
λ Thermal conductivity W m−1 K−1

µ Dynamic viscosity kg m−1 s−1

Π Pressure ratio -
ρ Density kg m−3

σ̇ Rate of entropy production W K−1

Φ Area enlargement factor -
φ Relative humidity -
χ Peripheral absolute velocity to peripheral velocity ratio -
ω Angular velocity rad s−1

ωhum Absolute humidity kg kg−1

Subsripts
Subscript Definition Subscript Definition
0 Reference point hm Heat exchanger material
1 Impeller inlet hub Blade hub
2 Impeller outlet in Inlet conditions
3 Diffuser outlet is Isentropic
a Air L Liquid
acc Acceleration lm Logarithmic mean
avg Average m Mean
b Blade out Outlet conditions
bl Blade loading p Pinch
c Cold stream pl Plate
comp Compressor r Radial
cond Condenser rec Recirculated
crit Critical sat Saturated
db Dry bulb sf Skin friction
df Disk friction SH Super-heated
diff Diffuser sink Quantity delivered by a system
dp Dew point source Quantity taken by a system
evap Evaporator sp Single-phase
exp Expansion valve st Stage
f Fouling tc Tip clearance
fric Friction tip Blade tip
g Gravitational tp Two-phase
gc Gas cooler u Peripheral
gl Glide V Vapour
h Hot stream w Water
HEX Heat exchanger wf Working fluid
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1
Introduction

The International Energy Agency estimated that the industry emitted nine gigatons (Gt) of CO2 in 2022
(IEA, 2023). To limit global warming to a maximum of 1.5 °C, these emissions must be reduced by 45%
by 2030, to achieve net-zero emissions by 2050 (United Nations, n.d.). The industry needs to begin
electrifying its processes and utilising renewable energy sources to reach these targets.

The drying process is one of the most energy-intensive operations in various industries. In countries
such as the United States, Canada, France, and the United Kingdom, energy consumption for drying
typically represents 10-15% of the total energy used in the industry. This percentage can increase to
20-25% in countries like Denmark and Germany (Mujumdar, 2007). A substantial portion of this energy
is derived from natural gas; in fact, 5% of the total natural gas consumption in the United States is
utilised in indirect gas-fired dryers (Chudnovsky et al., 2020). The six industries that account for the
largest share of energy consumption due to drying are detailed in Table 1.1.

Table 1.1: Share the total energy used for industrial drying and CO2 emission per industry.

Industry Share of total energy used for industrial
drying (%) (Bück, 2016) a

Total CO2 emissions
by sector (Mt)

Pulp & Paper 33 150 (IEA, 2023)
Food & Agricultural 12 217 (IEA, 2023)
Wood processing 11 22 (IEA, 2023)
Ceramic 11 400 (IEA, 2007)
Chemical 6 1330 (IEA, 2023)
Textile 5 51 (IEA, 2023)
a The missing 22% in total energy used for industrial drying represents the energy consumed by all other
drying industries.

The temperatures involved in industrial drying typically range from 60 ◦C to 200 ◦C, with about 60%
of the total input energy being rejected as waste heat at temperatures below 100 ◦C (Wang et al.,
2024). This temperature range, coupled with the high percentage of waste heat, makes heat pumps
the preferred technology for electrifying the industrial drying process (Marina et al., 2021).

A heat pump typically delivers much more heat than the electricity it consumes, making it an exception-
ally efficient solution for converting power to heat. However, the economic conditions for heat pumps
are often unfavourable due to many countries’ high electricity-to-gas cost ratio, along with relatively
long payback periods (more than 3 years) (Jesper et al., 2021). Therefore, improving the efficiency of
heat pumps is essential to bridge this gap.

Numerous studies have investigated and optimised high-temperature heat pumps for electrifying in-
dustrial processes. The research conducted by Vieren et al. (2023) focuses on the integration and
optimisation of a high-temperature single-stage transcritical heat pump in three industrial processes
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with large temperature glides: thermal oil heating, superheated steam drying and spray drying. Vieren
et. al evaluated all fluids available in REFPROP 10.0. Ganesan et al. (2023) and Y. Huang et al. (2025)
researched how using zeotropic mixtures in a high-temperature cascade heat pump could influence the
performance without a specific industrial case. Ganesan et al. only evaluated two zeotropic mixtures in
the upper and lower cycles of the cascade heat pump, whereas Y. Huang et al. evaluated six mixtures
in the upper cycle and ten in the lower cycle.

In the research conducted by Hoang et al. (2025), a cascade heat pump was integrated and optimised
for a spray dryer requiring a supply air temperature of 200 °C, which was heated from an ambient
air temperature of 15 °C. The study aimed to identify the most suitable fluids for the upper and lower
cycles of a cascade system by evaluating eleven pure fluids for the upper cycle and seven pure fluids
for the lower cycle. Hoang et al. also assessed the total investment costs by calculating the installed
costs for the compressors based on their volumetric flow rates. Additionally, the installed costs of heat
exchangers were determined by their heat transfer area, using assumed heat transfer coefficients.

In a study conducted by Widdows (2024), a single-stage heat pump was integrated and optimised for
a spray dryer that requires a supply air temperature of 180 °C, starting from an ambient temperature of
10 °C. Widdows’ research is comparable to that of Hoang et al. (2025) in terms of dryer temperature
and type; however, a key difference is Widdows’ focus on optimising the heat pump cycle through the
transcritical operation of zeotropic mixtures. Widdows evaluated 78 zeotropic mixtures and achieved
a coefficient of performance (COP ) of 3.38, while the best-performing cycle identified by Hoang et
al. reached a COP of only 2.42. It’s important to note that Hoang et al. used a heat transfer fluid in
their heat pump cycle, which contributed to the lower COP . Nonetheless, the significant difference in
performance suggests that integrating transcritical operation with zeotropic mixtures can enhance the
performance of heat pumps.

Hoang et al. (2025) and Widdows (2024) investigated open heat pump dryers, which do not recycle the
air that exits the dryer. Ni et al. (2025) conducted a study aimed at optimising a closed heat pump dryer,
in which all humid air is recirculated, using zeotropic mixtures. However, their research was focused on
achieving a supply air temperature of 70 °C. Logie et al. (2016) discusses a combination of the open
and closed heat pump dryer in their paper on developing a test bench to demonstrate the potential
for energy optimisation in heat pump dryers. They propose, among other configurations, a heat pump
dryer that incorporates an evaporator bypass, allowing it to recirculate most of the humid air out of the
dryer without cooling it.

Recent research has shown the potential of heat pumps to electrify industrial processes and integrate
them effectively into drying cycles. However, significant gaps still exist in this area. This study will focus
on the following objectives:

• A high-temperature heat pump will be integrated into a drying cycle that includes an evaporator
bypass and recirculates most of the humid air exiting the dryer. Although Logie et al. (2016)
discusses this type of heat pump dryer, no optimisation of the heat pump itself is addressed.

• Two types of heat pump cycles will be optimised: the single-stage heat pump and the cascade
heat pump, utilising zeotropic mixtures and transcritical operation. The only study that incorpo-
rates zeotropic mixtures and transcritical operation is by Widdows (2024), which focuses solely
on optimising a single-stage heat pump cycle. Additionally, this study will explore a drying cycle
that differs significantly from Widdows’ optimisation of an open heat pump dryer.

• This research does not assume isenthalpic drying, unlike all the studies mentioned.
• The heat exchangers and compressors will be appropriately sized. Only Hoang et al. (2025) per-
formed sizing calculations for heat pump components, but those calculations relied on assumed
heat transfer coefficients. In contrast, this study will conduct a more detailed analysis of the sizes
of these components.

Focusing on these research gaps, this study aims to answer the following research question:

What is the optimal vapour compression heat pump cycle, considering configuration, work-
ing fluid selection, and component choice and sizing, for a non-isenthalpic industrial drying
process?
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To answer this research question, the following four sub-questions are formulated:
1. How do modifications to the cycle, such as a multi-stage heat pump configuration and adding an

internal heat exchanger, influence performance?
2. Does using zeotropic mixtures and transcritical operation of the heat pump improve performance?
3. What heat exchanger type should be used in the heat pump, and what is the sizing of the heat

exchangers needed?
4. Which type of compressor is best suited for the required heat load and temperature range, and

what should the design be regarding the number of stages and size?

Following this introduction, the thesis is organised into five additional chapters. Chapter 2 presents a
theoretical framework that covers the drying cycle, various heat pump cycles and their components, and
methods for evaluating and improving heat pump performance. Chapter 3 outlines the methodology
for simulating two distinct heat pump cycles, optimising these cycles, and simulating the compressors
and heat exchangers. Chapter 4 presents the results of the simulations and optimisation of both the
single-stage and cascade heat pump cycles. This chapter includes a sensitivity study that illustrates the
effects of dryer losses and the dew point temperature in the dryer. Chapter 5 concludes the research
and discusses the findings. Finally, Chapter 6 offers recommendations for future research on this topic.



2
Theoretical framework

This chapter first explains how to integrate the heat pump into the dryer and obtain the required ther-
modynamic states of the humid air. Then, an overview of a basic heat pump cycle is provided, and the
cascade heat pump cycle and internal heat exchanger are introduced. The following section explores
the irreversibilities present in a heat pump cycle, discusses how performance can be measured, and
examines methods to reduce entropy production in the heat exchangers. The chapter then evaluates
potential working fluids for the heat pump cycle. The last section provides a detailed discussion of
the three key components of the heat pump: the compressor, the heat exchangers and the expansion
valve.

2.1. The drying cycle
To effectively integrate a heat pump into the dryer, it is essential to understand the thermodynamic
properties of humid air at various stages of the drying process. Two key points to consider are the
conditions before and after the dryer. Heat and mass transfer occur between the air and the drying
product inside the dryer as water evaporates into the air. This evaporation increases the absolute
humidity, which can be calculated as

ωhum =
mw

ma
. (2.1)

Here,mw is the mass of water vapour andma the mass of dry air. Another way to express the amount of
water evaporated in the air is relative humidity φ, defined as the ratio of the partial water vapour pressure
pw to the saturated water vapour pressure pw,sat for a specific temperature. Key temperatures in the
drying process include the dry bulb temperature ϑdb, which is measured by a standard thermometer,
and the dew point temperature ϑdp, indicating the temperature at which condensation occurs due to
the air’s inability to hold additional water vapour.

To identify the thermodynamic properties of humid air at various stages in the drying process, a company
specialising in sustainable packaging solutions has provided relevant data and assumptions to define
a realistic drying cycle. The data they provided is outlined in Table 2.1.

The dryer’s dew point temperature of 85 °C indicates a drying process under high absolute humidity
conditions. To maintain this humidity, much of the humid air exiting the dryer bypasses the evaporator
and is directly recirculated through the condenser, as shown in the process flow diagram in Figure
2.1. Only a small portion of the air goes through the evaporator for heat recovery. Based on the
mass and energy balances, the total thermal energy required from the heat pump is 530 kWth. The
thermodynamic state at point 5 remains undetermined, as it relies on the energy recovered by the
evaporator.

4
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Table 2.1: Parameters used in simulating the drying cycle.

Pressure of the air 1 bar pa
Mass flow of humid air recirculated 5 kg/s ṁrec
Mass flow of humid air through the evaporator 0.329 kg/s ṁevap

Temperature of leaking into the drying cycle* 15 ◦C ϑdb,6
Relative humidity of air leaking into the drying cycle* 60% φ6

Mass flow of humid air leaking into the drying cycle* 0.180 kg/s ṁ6

Dew point temperature at point 3 85 ◦C ϑdp,3
Temperature at point 3 120 ◦C ϑdb,3
Energy loss dryer as % of total heat input 20% Ldry

* Value is based on an assumption, not on input from the industry.

Figure 2.1: Process flow diagram of heat pump dryer with evaporator bypass and recirculation. All mass flows are in kilograms
of humid air per second, and all enthalpies are in kilojoules per kilogram of humid air.

Figure 2.2 illustrates the Mollier diagram for the drying process. The green arrow indicates the non-
isenthalpic drying as it deviates from the blue dotted isenthalpic line. The mass flow at point 6 is
adjusted so that when mixed with the recirculated stream from point 3, the absolute humidity at point 1
returns to its original value. The blue arrow represents heat recovery in the evaporator, where first the
humid air is cooled to its dew point. After that, most of the energy recovery occurs as water condenses
from points 4 to 5, releasing latent heat. This results in a sharp temperature drop in the TQ diagram up
to point 4, followed by a gradual slope from point 4 to point 5.

Figure 2.2: Mollier diagram of the heat pump dryer with evaporator bypass and recirculations. The dry bulb temperature at
point 5 is assumed to be 60 °C. The actual temperature at Point 5 will depend on the heat needed to evaporate the working

fluid. Isenthalpic lines are expressed in kJ/kg of dry air, unlike the enthalpies shown in Figure 2.1.
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2.2. Heat pump cycles
Heat pumps work by elevating the temperature of a heat source, which can be a waste heat stream,
using either heat or electricity. A common type of heat pump that uses electricity to increase heat is
the vapour compression heat pump (VCHP), as illustrated in Figure 2.3. In this cycle, the waste heat
is absorbed by the working fluid in the evaporator. Electricity is then used to increase the temperature
and pressure of the working fluid through compression. The heated working fluid releases heat to the
condenser’s process stream, the heat sink. When the temperature of this process stream exceeds 100
°C, it is classified as a high-temperature heat pump (HTHP) (Zühlsdorf, 2023). Finally, the working fluid
undergoes expansion, which lowers its pressure and temperature. The working fluid is expanded until
its temperature falls below that of the heat source, allowing heat to be transferred from the heat source
to the working fluid again, thereby completing the cycle.

Figure 2.3: Schematic drawing of a single-stage vapour compression heat pump cycle.

In its simplest form, the VCHP cycle consists of four main components: the compressor, the condenser,
the expansion valve, and the evaporator. This cycle is referred to as a single-stage heat pump. When
there is a significant temperature difference between the heat source and sink, a cascade heat pump
can improve performance compared to a single-stage heat pump, as shown by Ganesan et al. (2023)
and Y. Huang et al. (2025). The cascade heat pump consists of two or more single-stage heat pump
cycles working in tandem. In this arrangement, the condenser of one cycle acts as the evaporator for
the next. Additionally, a cascade heat pump allows for different working fluids in each cycle.

Another method to enhance a heat pump’s performance is to use an internal heat exchanger (IHX). A
process flow diagram of a single-stage heat pump featuring an IHX is illustrated in Figure 2.4. This
diagram shows the IHX transferring heat from the high-pressure liquid to the low-pressure gas. The
purpose of the IHX is to lower the temperature of the working fluid before it enters the expansion valve,
allowing the working fluid to end up further to the left in the two-phase region after expansion. Addition-
ally, the IHX helps prevent wet compression by superheating the gas before it enters the compressor.

Figure 2.4: Process flow diagram of a single-stage heat pump with internal heat exchanger.
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A heat transfer fluid (HTF) loop can be integrated into the heat pump cycle, allowing the heat pump
to be located away from the dryer. This setup is particularly advantageous when dealing with highly
flammable or toxic working fluids in the heat pump cycle. In the condenser, the HTF is heated by the
working fluid and then transfers this heat to a heat sink through a heat exchanger (HEX) positioned
away from the heat pump. A suitable HTF for the condenser is Therminol 66, which offers thermal
stability at high temperatures and is resistant to fouling (Eastman, 2021). In the evaporator, the HTF
transfers heat to the working fluid it receives from the source stream. Dowtherm Q is an appropriate
choice for the evaporator loop, as its viscosity is lower at lower temperatures compared to Therminol
66 (Dow, 2020).

2.3. Peformance of the heat pump
This section introduces two methods for evaluating heat pump performance: the coefficient of perfor-
mance and the second law of efficiency. It then discusses the losses in a heat pump cycle and explains
how to calculate them. Finally, the section presents two approaches to reduce these losses in HEXs:
using zeotropic mixtures and implementing transcritical heat pump cycles.

2.3.1. Performance evaluation
The performance of a heat pump is typically expressed as the coefficient of performance, commonly
referred to as the COP . The COP is calculated as

COP =
Q̇sink

Ẇ
, (2.2)

where Q̇sink represents the heat output and Ẇ denotes the work input. This formula serves as a reliable
performance indicator for comparing different heat pump configurations operating at the same source
and sink temperatures. When comparing heat pump cycles with varying source and sink temperatures,
the second law efficiency can be used as a performance indicator, which is defined as

ηII =
COP

COPLorenz
. (2.3)

The term COPLorenz refers to the theoretical maximum COP that can be achieved in a heat pump,
assuming no irreversibilities are involved. According to the definition derived by Lorenz (1895), for
heat pumps that operate with a temperature glide, the COPLorenz can be expressed as:

COPLorenz =
T̄sink

T̄sink − T̄source
. (2.4)

In this context, T̄sink and T̄source refer to the average temperatures of the heat sink and heat source,
respectively. As discussed in section 2.1, the temperature profile of the humid air passing through
the evaporator is non-linear. Therefore, to determine the average temperature, the entropic average
temperature formula needs to be used (Alefeld, 1987), defined as

T̄ =
hout − hin
sout − sin

. (2.5)

2.3.2. Losses in heat pumps
There are losses in all the components of a heat pump. These losses can be quantified by calculating
the entropy production, denoted as σ. In the compressor, entropy production arises from internal flow
losses, heat transfer, conduction, mechanical friction, and internal leakage (Kiss & Infante Ferreira,
2016). These losses are often represented by the isentropic efficiency, which is calculated as

ηis =
hout,s − hin
hout − hin

. (2.6)
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In this equation, hout,s represents the enthalpy of the fluid exiting the compressor under ideal conditions,
known as isentropic compression, where no losses occur. hin is the enthalpy of the fluid entering the
compressor. hout indicates the actual enthalpy of the gas leaving the compressor. The total entropy
production in the compressor is calculated as

σ̇comp = ṁwf(scomp,out − scomp,in), (2.7)

where scomp,out and scomp,in refer to the specific entropy at the outlet and inlet of the compressor, respec-
tively, and ṁwf is the mass flow rate of the working fluid.

The entropy generated in the expansion valve arises from the expansion of the working fluid, during
which no pressure energy is converted into mechanical work. Consequently, all pressure energy is lost
in this process. The entropy produced in the expansion valve can be calculated as

σ̇exp = ṁwf(sexp,out − sexp,in), (2.8)

where sexp,out and sexp,in represent the entropy at the outlet and inlet of the expansion valve, respectively.

Entropy production in a HEX, assuming no pressure loss and no energy loss to the surroundings,
arises from the temperature difference between the hot and cold streams. The entropy production can
be calculated using the following equation:

σ̇HEX = (sh,out − sh,in)ṁh + (sc,out − sc,in)ṁc. (2.9)

In this equation, sh,out and sh,in represent the entropies at the outlet and inlet of the HEX for the hot
stream, while sc,out and sc,in represent the entropies at the inlet and outlet for the cold stream.

The total entropy production of the heat pump, denoted as σ̇total, is the cumulative sum of the entropy
production from all individual heat pump components. To verify the calculation of the total entropy
production, the COP can be calculated using the method proposed by Alefeld (1987):

COP =

(
T̄sink

T̄sink − T̄source

)(
1 +

T̄sourceT̄sink
T̄sink − T̄source

σ̇total

Q̇sink

)−1

. (2.10)

The numerical value obtained from this calculation should be compared to the COP calculated using
Equation (2.2). If the entropy production within the heat pump is calculated correctly, both values should
be equal.

2.3.3. Improving heat pump performance
Reducing total entropy production can enhance the efficiency of a heat pump. A significant amount
of entropy is generated during heat transfer between the working fluid and the process stream, as
well as between the waste stream and the working fluid (Zühlsdorf et al., 2018). As mentioned in
section 2.3.2, this entropy production arises from the temperature difference between the hot and cold
fluids. Therefore, minimising the temperature difference between these fluids leads to lower entropy
production.

When a gradient exists in the fluid’s temperature profile, the process of reducing the temperature differ-
ence between the hot and cold fluids is known as glide matching. Figure 2.5 illustrates the difference
between heat transfer with and without glide matching. A comparison of the temperature profiles shown
in Figures 2.5a and 2.5b demonstrates that the temperature of the glide-matched working fluid more
closely aligns with the heat sink temperature profile.

One effective method for achieving glide matching is the use of zeotropic mixtures. These mixtures
consist of fluids with differing boiling points, which creates a temperature glide within the two-phase
region, as illustrated in Figure 2.6a. The slope of this glide can bemodified by adjusting the composition
of the mixture. Numerous studies have investigated the use of zeotropic mixtures for glide matching.
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(a) TQ diagram of heat transfer with glide matching. (b) TQ diagram of heat transfer without glide matching.

Figure 2.5: Illustration of the difference between heat transfer with and without glide matching.

Zühlsdorf et al. (2018) reported performance improvements of up to 27% in a single-stage heat pump
when employing zeotropic mixtures for glide matching.

Additionally, Y. Huang et al. (2025) examined zeotropic mixtures in a cascade heat pump to enhance
heat production up to 200 °C. Their research indicated that this method resulted in a 9.55% increase in
the COP compared to a standard cascade heat pump system without glide matching. Glide matching
with zeotropic mixtures is especially advantageous for applications where the temperature profile isn’t
too steep, as the glide is constrained by the difference in boiling points of the mixture’s components.

As the temperature profile becomes steeper, operating the working fluid above its critical temperature,
known as a transcritical cycle, is more effective. In this context, ”transcritical” refers to a cycle that
transfers heat to a sink while the working fluid is in a supercritical state and absorbs heat when it is in a
subcritical state. Figure 2.6b illustrates an example of this cycle. In a transcritical cycle, the condenser
is referred to as a gas cooler, as no phase change occurs during this process. Instead, the properties
of the fluid change significantly when it crosses the Widom line, a virtual line where abrupt changes in
characteristics take place (Banuti, 2015). Zhao et al. (2024) demonstrated these significant changes
in density, specific heat capacity, thermal conductivity, and viscosity and discussed how to factor these
changes into the design of a gas cooler.

If glide matching is desired in both the condenser and the evaporator, both methods can be used simul-
taneously by employing a zeotropic mixture in a transcritical cycle. Research conducted by Widdows
(2024) demonstrated that combining these methods improved performance by up to 21.47%. In his
study, Widdows simulated heat pump cycles in which the working fluid’s temperature decrease in the
gas cooler ranged from 100 °C to 160 °C, and the temperature increase in the evaporator ranged from
25 °C to 55 °C.

(a) T-h diagram of a heat pump cycle showing glide matching by
using a zeotropic mixture of butane and hexane.

(b) T-h diagram of a heat pump cycle showing glide matching by
transcritical operation of CO2.

Figure 2.6: T-h diagrams illustrating the effect of using a zeotropic mixture and a transcritical cycle on glide matching.
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2.4. Working fluid selection
Section 2.3.3 addresses using zeotropic mixtures and transcritical cycles to improve heat pump per-
formance. Implementing these methods requires selecting the appropriate fluid or fluid mixture that
matches the heat pump’s thermal duty. In addition to thermodynamic properties, environmental con-
siderations should be taken into account when selecting the working fluid.

Traditionally, hydrochlorofluorocarbons (HCFCs) and Chlorofluorocarbons (CFCs) were used as work-
ing fluids in heat pumps and refrigeration cycles (Kubba, 2017). Under the “Montreal Protocol on Sub-
stances that Deplete the Ozone Layer Final Act 1987” (1989), these fluids were phased out because
of their ozone depletion potential (ODP). Alternatives were found in hydrofluorocarbons (HFCs), pos-
sessing a low ODP. However, this group of working fluids has a high Global Warming Potential (GWP),
resulting in their inclusion in the Montreal Protocol in 2016 under the Kigali Amendment. New alterna-
tives are found in hydrofluoroolefins (HFOs) and hydrofluoroethers (HFEs) as they have zero ODP and
low GWP. A potential problem, however, with these working fluids is that they contain carbon-fluorine
bonds, making them part of the Per- and polyfluoroalkyl substances (PFAS). The carbon-fluorine bonds
are one of the strongest in organic chemistry, making them resistant to degradation, which can lead
to potential health and environmental risks. These risks are the reason for the intention to restrict the
use of PFAS in the European Union (ECHA, 2023). The (potential) restrictions on the fluids mentioned
above leave only natural refrigerants as an option. Commonly used natural refrigerants are listed in
Table 2.2, of which most are hydrocarbons (HCs).

To optimise the heat pump cycles, mixtures of the natural refrigerants listed in Table 2.2 will be utilised.
Combining all 13 fluids in pairs results in 78 unique zeotropic mixtures. Section 3.2 will explain how
these zeotropic mixtures will be applied in the optimisation process.

Table 2.2: This is a list of natural refrigerants organised by reference number. Natural refrigerants classified as hydrocarbons
are indicated with ”HC” under the ”Type” column. The GWP100 (Global Warming Potential over a 100-year period, compared to
CO2) is included, along with safety class information, which is adapted from Zühlsdorf et al. (2018). Additionally, the critical

temperature and pressure values are sourced from REFPROP 10.0 (Lemmon, Bell, et al., 2018).

Name of Fluid Ref.
No. Type GWP100yr

Crit. Temp.
(◦C)

Crit. Press.
(bar)

Safety
Class EoS used by REFPROP

Methane R-50 HC 25 -82.6 46.0 A3 Setzmann and Wagner (1991)
Ethane R-170 HC 2.9 32.2 48.7 A3 Bücker and Wagner (2006)
Dimethyl ether R-E170 HC 1.0 127.2 53.4 A3 Wu et al. (2011)
Propane R-290 HC 3.0 96.7 42.5 A3 Lemmon et al. (2009)
Butane R-600 HC 4.0 152.0 38.0 A3 Bücker and Wagner (2006)
Iso-Butane R-600a HC 3.0 134.7 36.3 A3 Bücker and Wagner (2006)
Pentane R-601 HC 4.0 196.6 33.7 A3 Thol et al. (2018a)
Iso-Pentane R-601a HC 4.0 187.2 33.8 A3 Lemmon and Span (2006)
Hexane R-602 HC 4.0 234.7 30.4 A3 Thol et al. (2018b)
Ammonia R-717 – 0 132.4 113.6 B2L Gao et al. (2020)
CO2 R-744 – 1.0 31.0 73.8 A1 Span and Wagner (1996)
Ethylene R-1150 HC 6.8 9.2 50.4 A3 Smukala et al. (2000)
Propylene R-1270 HC 3.1 91.1 45.6 A3 Lemmon, Mclinden, et al. (2018)

2.5. Components of the heat pump
This section covers three essential components of a heat pump: the HEX, the compressor and the
expansion valve. First, the heat exchanger will be discussed, and a method for calculating its size
will be explained. Then, different compressors are evaluated, focusing on their working principles and
operating ranges. The last part evaluates two different expansion valves.

2.5.1. Heat exchangers
A HEX plays a crucial role in a heat pump by facilitating the transfer of energy between fluids. The total
energy transferred can be expressed as

Q̇ = ṁh∆hh = ṁc∆hc, (2.11)
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where ṁ represents the mass flow rate and ∆h denotes the specific enthalpy difference between the
fluid entering and exiting the HEX. The efficiency of heat transfer from the hot fluid to the cold fluid is
determined by the overall heat transfer coefficient U . The overall heat transfer coefficient can be visu-
alised as a series of thermal resistances, where each resistance contributes to a temperature difference,
as illustrated in Figure 2.7.

Figure 2.7: Temperature profile in a HEX with fouling on both sides of the wall.

The convective heat transfer coefficients govern the thermal resistances of the hot and cold fluids. The
thermal resistance of the fouling layer and the HEX wall is determined by their thermal conductivities
and the thickness of the respective layers. Using the principles of thermal resistance, the overall heat
transfer coefficient can be calculated as

U =
1

1
αh

+ δhm
λhm

+ 1
αc

+
∑ δf

λf

. (2.12)

In this equation, αh andαc represent the heat transfer coefficients for the hot and cold fluids, respectively.
The term δhm denotes the thickness of the HEX wall that separates the two fluids, while λhm refers to
the thermal conductivity of the HEX material. Additionally, δf and λf indicate the thickness and thermal
conductivity of the fouling layers. The contributions of all fouling types are summed in Equation (2.12)
to determine the total thermal resistance.

Various types of fouling can occur in a HEX, depending on the fluid and the material used for the HEX.
The most common types, as described by Ogunedo (2020), include:

• Scaling results from crystallising salts dissolved in the fluid. Temperature variations can affect the
fluid’s solubility, consequently causing salt crystals to be deposited on the surface of the HEX.

• Particulate fouling occurs when solid particles, such as dust, dirt, or rust, deposit on the surface
of the HEX. The source of the fluid significantly influences the size of these particles; for instance,
water from a river contains much larger particles than those found in an oil stream.

• Corrosion fouling arises from the considerable growth of a layer of corrosion products on the
surface. An example of this is the oxide coating that protects the metal. As the thickness of this
protective layer increases excessively, fouling issues emerge.

• Chemical fouling occurs when chemical reaction rates rise due to a higher temperature near the
wall than in the bulk and a lower flow velocity in the boundary layer, resulting in foul deposition.

• Freezing fouling happens when a fluid stream is cooled below its solidification temperature and
thus starts to freeze onto the HEX surface.

• Biofouling refers to the growth of organisms, including algae and fungi, on the surface of HEXs.
These deposits create a favourable environment for bacterial activity and typically occur in humid
conditions.

The heat transfer coefficients, αh and αc, are influenced by the thermal properties of the fluids, the
geometry of the HEX, and the flow rate. Correlations can be found in the literature to determine the
heat transfer coefficient. These correlations are often developed for specific types of HEX and flow
regimes.
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When the temperatures of the incoming and outgoing hot and cold streams in the HEX are completely
specified, utilising the heat transferred Q̇ and the overall heat transfer coefficient U , the total required
heat transfer area can be determined by

Q̇ = UA∆Tm, (2.13)

where A denotes the heat transfer area and ∆Tm the mean temperature difference. The mean temper-
ature difference for a pure counter-flow HEX is computed using the LMTD method as

∆Tm = ∆Tlm =
(Th,out − Tc,in)− (Th,in − Tc,out)

lnTh,out−Tc,in
Th,in−Tc,out

, (2.14)

where Th, in and Th, out represent the temperatures of the hot stream in and out of the HEX. Similarly,
Tc, in and Tc, out denote the temperatures of the cold stream at the inlet and outlet of the HEX. When the
flow configuration is not strictly counter-current, the logarithmic mean temperature difference (LMTD)
must be adjusted using a correction factor FT (Bowman et al., 1940; Underwood, 1934), as

∆Tm = FT∆Tlm. (2.15)

This correction factor depends on the flow geometry and whether the system operates under multi-
phase or single-phase flow conditions. Typically, FT is represented in charts. Among others, Hewitt
et al. (1994) and Taborek (1994) have published books regarding this correction factor for various HEX
configurations.

HEX selection for the heat pump cycle
The working fluid in the heat pump’s closed loop will consist of zeotropic mixtures of natural refrigerants,
as outlined in section 2.4. On the other side of the evaporator and condenser/gas cooler, the heat
transfer fluids (HTFs) will be either Therminol 66 or Dowtherm Q, as discussed in section 2.2. Neither
the working fluid nor the HTFs will contain large particles that could lead to fouling. When ammonia
is used as the working fluid, no copper alloys should be used because of the risk of corrosion fouling
(Stoecker, 1998). Additionally, the combination of ammonia and carbon dioxide should be avoided, as
it can result in chemical fouling (Brooks et al., 1946). Since the working fluid and HTF will be free of
salts and organisms, issues such as scaling and biofouling will not arise. Furthermore, freezing fouling
is not a concern, as these fluids will not solidify at the operational temperatures.

The risk of fouling in the heat pump’s condenser, evaporator and IHX is very low. The low risk of fouling
enables the use of plate HEXs, which are renowned for their high thermal efficiency and compact design.
For applications requiring pressures of up to 25 bar, a gasketed plate HEX is suitable (Arsenyeva et
al., 2023). This type consists of plates pressed together with a gasket in between, creating sealed
channels. An illustration of the gasketed plate HEX is given in Figure 2.8a.

(a) Plate HEX (Roetzel & Spang, 2010). (b) Finned tube HEX (Roetzel & Spang, 2010).

Figure 2.8: Illustrations of different HEX types.
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Brazed or semi-welded plate HEXs are an alternative to gasketed plate HEXs and can be used when
higher pressures are necessary. Brazed plate HEX can support pressures up to 90 bar, while semi-
welded plate HEX can handle pressures up to 63 bar (Arsenyeva et al., 2023). In a brazed HEX, the
plates are bonded together through a brazing process, ensuring a seal around the plate edges. In a
semi-welded plate HEX, two plates are bonded together by welding to create a channel for the high-
pressure fluid. The low-pressure channels in a semi-welded plate HEX are formed by pressing two
sets of welded plates with a gasket in between, similar to the gasketed plate HEX.

To heat the humid air and recover heat from the air stream exiting the dryer, two HEXs are required.
Since the air used in the dryer is drawn in from the surrounding environment, there is a high likelihood
of particulate fouling. The combination of warm, moist air and the potential for biological organisms
creates a significant risk of biofouling. Additionally, corrosion fouling can occur when materials with an
oxide coating are used for the HEX. However, the other three types of fouling are unlikely to happen
on the air side.

Given the high risk of fouling and the low heat transfer coefficient of air, a finned tube HEX is necessary.
An illustration of the finned tube HEX is shown in Figure 2.8b. This type of HEX is designed to handle
fouling conditions, and the fins increase the heat transfer area, compensating for the air’s low heat
transfer coefficient.

2.5.2. Compressors
Compressors can be categorised into twomain types: positive displacement compressors and dynamic
compressors. Positive displacement compressors reduce the volume of a closed space, increasing
pressure. In contrast, dynamic compressors transfer kinetic energy to the gas through rotating im-
pellers or blades, which is then converted into increased pressure. Typical operating ranges for differ-
ent compressors are given in Figure 2.9. In HTHP, the most commonly used types are the reciprocating
and rotary screw compressors (El Samad et al., 2024). The rotary screw compressor covers the higher
heating capacity range, as it can manage higher flow rates. A centrifugal compressor is used to achieve
even greater heating capacities.

Figure 2.9: Typical coverage ranges for compressor types commonly used in HTHP. Actual ranges can differ from those given
in the graph. Adapted from GPSA engineering data book (14th). (2017). Gas Processors Association.

When designing a compressor, the pressure ratio, defined as

Π =
pout
pin

, (2.16)

is limited by the maximum temperature increase that occurs during each stage of the compression
process. This limitation is crucial because the components must withstand the temperature differences
generated during the compression process. The relationship between pressure and temperature during
isentropic compression for an ideal gas is expressed as

Π
γ−1
γ =

Tout
Tin

, (2.17)
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where γ represents the heat capacity ratio, calculated as cp/cv. This relationship illustrates that the
temperature increases more rapidly for gases with a higher heat capacity ratio. Multiple stages can be
employed if the desired pressure ratio is too high to achieve in a single stage. The pressure ratio per
stage for n stages is calculated as

Πst =

(
pout
pin

)1/n

. (2.18)

The reciprocating compressor is commonly used in HTHP due to its simplicity, efficiency, and low cost
(Giampaolo, 2023). As shown in Figure 2.10a, it features a cylinder and a piston moved by a crankshaft.
The compression process starts with opening the suction valve and increasing the volume by moving
the piston, which allows the fluid to flow into the cylinder. Once the fluid has entered, the suction valve
closes, and the piston moves upward to compress the fluid. Finally, the discharge valve is opened to
release the pressurised fluid, and the cycle starts over. Because gas is not delivered continuously, the
pulsations in flow and pressure can result in vibrations (Smith, 2016).

(a) Reciprocating compressor. (b) Rotary screw compressor.

Figure 2.10: Schematic drawings of two types of positive displacement compressors (Lu et al., 2023).

Reciprocating compressors, as illustrated in Figure 2.9, typically operate at the lower end of the volu-
metric flow range; however, when equipped with a crosshead, they can achieve discharge pressures
of up to 3,400 bar (Hollingsworth et al., 2019). The heat capacity ratio influences the maximum pres-
sure ratio, as described in Equation (2.17). For example, gases such as air, which has a γ of 1.4,
can achieve a maximum compression ratio of 4 per stage, while butane, with a γ of 1.1, can reach
compression ratios of up to 9. Furthermore, the maximum recommended discharge temperature for
a reciprocating compressor is 175 °C (API, 2024). The isentropic efficiency, as defined in Equation
(2.6), usually ranges from 70% to 90% (Peters et al., 2003), with efficiencies exceeding 90% observed
in large industrial slow-speed reciprocating compressors. The primary sources of losses in these com-
pressors are valve losses, which tend to decrease at higher pressure ratios and with lighter molecular
weights (Hollingsworth et al., 2019).

The rotary screw compressor, illustrated in Figure 2.10b, is a positive displacement compressor com-
monly used for power levels from 10 to 500 kW and discharge pressures below 30 bar (Hollingsworth et
al., 2019). It consists of two intermeshing helical lobes within a casing, which create compression cham-
bers that reduce in volume as the rotors turn (Broerman et al., 2019). There are two types: oil-flooded
and dry screw compressors. Oil-flooded compressors inject lubricating oil to create a film between the
rotors, which is discharged with the pressurised gas, necessitating a separation process. In contrast,
dry screw compressors operate without oil, requiring tighter rotor clearances and resulting in higher
manufacturing costs. The isentropic efficiency of rotary screw compressors ranges from 65% to 75%
(Campbell, 2014). Dry screw compressors can achieve discharge pressures exceeding 50 bar (Wen-
nemar, 2009), with maximum compression ratios capped at 6 for HTHP applications (Sharevska et al.,
2025). Oil-flooded compressors can reach compression ratios as high as 20, benefiting from the cool-
ing properties of the lubrication oil. However, they must maintain a maximum discharge temperature
of 180 °C to prevent oil degradation (Tijani et al., 2025).

The centrifugal compressor is a dynamic compressor commonly used in heat pumps with heating ca-
pacities that reach the megawatt range (Hollingsworth et al., 2019). The compression process begins
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in the compressor’s impeller, where the gas is accelerated and its kinetic energy is increased. This
kinetic energy is converted into pressure energy as the gas decelerates in the diffuser. An illustration
of the components can be found in Figure 2.11. Additionally, multiple stages of centrifugal compres-
sors can be arranged along a common axis to achieve higher pressure ratios. Uusitalo et al. (2024)
conducted simulations of centrifugal compressors utilised in transcritical CO2 heat pumps with heating
capacities ranging from 1 to 20 MW. Their findings predicted isentropic efficiencies ranging from 80%
to over 85%. Notably, the lower isentropic efficiencies were observed in compressors designed for
heat pumps with heating capacities below 3 MW. This reduction in efficiency is attributed to the smaller
impellers used in these compressors, which lead to significant tip clearance losses.

Figure 2.11: Illustration of a centrifugal compressor (Heinrich, 2016).

When selecting a compressor, the output temperature that must be reached is a crucial criterion. In
section 2.1, it is established that the air temperature exiting the condenser must reach 188.9 °C. Ac-
counting for the pinch temperatures, the working fluidmust be compressed until a minimum temperature
of 203.9 °C is reached. This minimum temperature rules out the use of reciprocating and screw com-
pressors due to their maximum output temperatures of 175 °C and 180 °C, respectively, as outlined
above. Consequently, the centrifugal compressor emerges as the only viable option for this heat pump
design.

2.5.3. Expansion valve
The expansion valve regulates the flow and pressure difference between the high-pressure condenser
and the low-pressure evaporator. In direct expansion circuits, the most commonly used types of expan-
sion devices are thermostatic expansion valves and electronic expansion valves (Hundy et al., 2016).

The thermostatic expansion valve manages the flow of refrigerant by measuring the temperature of
the working fluid as it exits the evaporator. This measurement occurs using a bulb that contains either
the working fluid or a reference fluid with similar properties. As the temperature of the fluid leaving the
evaporator varies, this affects the temperature and corresponding pressure inside the bulb. Since the
bulb is connected to the valve via a capillary tube, changes in pressure cause a diaphragm within the
valve to move. This movement adjusts the valve opening to maintain the desired level of superheating.

The electronic expansion valve, on the other hand, measures both the pressure and temperature at the
evaporator outlet. Based on these measurements, an actuator adjusts the valve opening to achieve the
desired pressure and temperature. The electronic valve can be programmed to optimise the system’s
performance across a broader capacity range, which results in a more efficient cycle compared to the
thermostatic expansion valve. Although the electronic valve is generally more expensive, its increased
efficiency results in lower energy costs, as demonstrated by Lazzarin and Noro (2008).

It is recommended to use the electronic expansion valve if the heat pumps proposed in this study
are further developed, as this valve improves performance over a wide range of conditions. As the
expansion valve will not be discussed further in this study, this section contains all the information
about this component. In the heat pump simulation, isenthalpic expansion will be assumed to model
the operation of the expansion valve.



3
Methodology

This chapter introduces the two heat pump cycles that will be optimised. It then examines the degrees of
freedom to determine the temperatures that must be identified in the simulation. The following section
discusses the optimisation of the heat pump cycles, detailing the optimisation parameters, the logic
behind the optimisation, and an analysis of the mixture space. Finally, the chapter explains the methods
for sizing compressors and heat exchangers.

3.1. Heat pump cycle simulation
Two heat pump cycles have been simulated and optimised: a single-stage and a cascade heat pump.
Both systems feature an internal heat exchanger (IHX) that reduces the temperature of the high-pressure
liquid, shifting the expansion valve’s exit point to the left in the two-phase region. They also include a
heat transfer fluid (HTF) loop, enabling the heat pump to be placed flexibly. As explained in section
2.2, Therminol 66 is used as the HTF in the condenser, while Dowtherm Q is used in the evaporator.
The process flow diagrams for both cycles are shown in Figure 3.1.

In the simulation of the two heat pump cycles, the following assumptions have been made:
• The HEXs experience no pressure losses or heat losses to the surroundings.
• A pinch temperature is established in the HEXs, which varies based on whether they transfer heat
with air. The pinch temperature when air is involved (∆Tp,a) is set at 10 °C due to air’s relatively
low heat transfer coefficient. HEXs that do not involve air have a pinch temperature ∆Tp of 5 °C.

• For the simulation of the expansion valve, isenthalpic expansion is assumed.
• The compressors have an isentropic efficiency of 80%.

3.1.1. Degrees of freedom analysis single stage cycle
The thermodynamics of the cycles have been analysed to define the degrees of freedom in the heat
pump simulation. A summary of this thermodynamic analysis for the single-stage heat pump is pre-
sented in Table 3.1. From this analysis, it is evident that three key temperatures must be established:
the temperature of the working fluid leaving the evaporator, T1; the superheating temperature, ∆TSH;
and the temperature of the working fluid exiting the compressor, T3. The temperatures T1 and T3 are
adjusted iteratively to achieve the desired pinch point, while ∆TSH is incrementally increased until the
pinch point in the IHX is reached. The impact of these temperature adjustments is illustrated in the Ts
diagram in Figure 3.2, which compares two heat pump cycles with different pinch points. The exact
workings of the simulation code for the single-stage heat pump can be found in the flowchart presented
in Figure A.1 of Appendix A.

16
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(a) Single-stage heat pump cycle with IHX and HTF.

(b) Cascade heat pump cycle with IHX and HTF.

Figure 3.1: Proposed heat pump cycles with internal heat exchanger (IHX) and heat transfer fluid (HTF).

Table 3.1: Summary of the single-stage heat pump thermodynamic analysis.

Node / Component Inputs Solved Calculated with
REFPROP

1 (Evaporator outlet) T1, x1 = 1 — h1, s1, p1
2 (Compressor inlet) T1, ∆TSH, p1 T2 = T1 +∆TSH, p2 = p1 h2, s2

3 (Compressor outlet) ηis, h2, s2, T3 p3 via iteration on ηis =
h3s − h2

h3 − h2
h3s = h(p3, s2), h3, s3

4 (Condenser outlet) Tair,in, ∆Tp,a, ∆Tp, p3 T4 = Tair,in +∆Tp,a +∆Tp, p4 = p3 h4, s4
5 (IHX outlet) h1, h2, h4, p4 h5 = h4 − (h2 − h1), p5 = p4 s5, T5

6 (Evaporator inlet) h5, p1 h6 = h5, p6 = p1 s6, T6

Mass flow (refrigerant) Q̇sink, h3, h4 ṁref = Q̇sink/(h3 − h4) —
Enthalpy air evap. out ṁref, h1, h6, ṁdryer,4 hdryer,5 = ṁref(h1 − h6)/ṁdryer,4 —

Figure 3.2: Ts diagram illustrating the influence of the pinch temperature on T1, ∆TSH and T3.
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3.1.2. Degrees of freedom analysis cascade cycle
Table 3.2 summarises the thermodynamic analysis of the cascade heat pump. This analysis shows
that the cascade heat pump has three variable temperatures in the upper cycle: the temperature of the
working fluid exiting the shared heat exchanger (HEX), T1; the superheating temperature in the upper
cycle, ∆TSH,u; and the temperature of the working fluid leaving the compressor, T3. The temperature
T3 is adjusted iteratively to achieve the desired pinch point in the condenser, while ∆TSH,u is increased
until the pinch point in the IHX is reached. The effects of these temperature adjustments are illustrated
in the Ts diagram shown in Figure 3.3a. Since there is no reference point for determining T1, it will be
treated as an optimisation parameter, which will be further explained in section 3.2.2. To demonstrate
the simulation process for the upper cycle, the flowchart of the simulation code is presented in Figure
B.1 in Appendix B.

In the lower cycle, there are also three variable temperatures: the temperature of the working fluid
exiting the evaporator, T7; the superheating temperature in the lower cycle,∆TSH,l; and the temperature
of the working fluid leaving the compressor, T9. The temperatures T7 and T9 are adjusted iteratively
to achieve the desired pinch point. ∆TSH,l is increased iteratively until entropy production no longer
decreases or the pinch point in the IHX is reached. The impact of these temperature adjustments
is illustrated in the Ts diagram in Figure 3.3b. The flowchart for the lower cycle simulation code is
presented in Figure B.2 in Appendix B.

Table 3.2: Summary of the cascade heat pump thermodynamic analysis.

Node / Component Inputs Solved Calculated with
REFPROP

Upper cycle
1 (Evaporator outlet) T1, x1 = 1 — h1, s1, p1
2 (Compressor inlet) T1, ∆TSH,u, p1 T2 = T1 +∆TSH,u, p2 = p1 h2, s2

3 (Compressor outlet) ηis, h2, s2, T3 p3 via iteration on ηis =
h3s − h2

h3 − h2
h3s = h(p3, s2), h3, s3

4 (Condenser outlet) Tair,in, ∆Tp,a, ∆Tp, p3 T4 = Tair,in +∆Tp,a +∆Tp, p4 = p3 h4, s4
5 (IHX out) h1, h2, h4, p4 h5 = h4 − (h2 − h1), p5 = p4 s5, T5

6 (Evaporator inlet) h5, p1 h6 = h5, p6 = p1 s6, T6

Upper cycle mass flow Q̇sink, h3, h4 ṁup = Q̇sink/(h3 − h4) —

Lower cycle
7 (Evaporator outlet) T7, x7 = 1 — h7, s7, p7
8 (Compressor inlet) T7, ∆TSH,l, p7 T8 = T7 +∆TSH,l, p8 = p7 h8, s8

9 (Compressor outlet) ηis, h8, s8, T9 p9 via iteration on ηis =
h9s − h8

h9 − h8
h9s = h(p9, s8), h9, s9

10 (Condenser outlet) p9, T6, ∆Tp T10 = T6 +∆Tp, p10 = p9 h10, s10
11 (IHX out) h7, h8, h10, p10 h11 = h10 − (h8 − h7), p11 = p10 s11, T11

12 (Evaporator inlet) h11, p7 h12 = h11, p12 = p7 s12, T12

Lower cycle mass flow h1, h6, ṁup, h9, h10 ṁlow = ṁup(h1 − h6)/(h9 − h10) —
Enthalpy air evap. out ṁlow, h7, h12, ṁdryer,4 hdryer,5 = ṁlow(h7 − h12)/ṁdryer,4 —

(a) Upper cycle of the cascade heat pump (b) Lower cycle of the cascade heat pump

Figure 3.3: Ts diagrams illustrating the influence of the pinch temperature in the cascade heat pump on ∆TSH,u, T3, T7, ∆TSH,l
and T9.
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3.2. Optimisation of the heat pump cycles
The single-stage heat pump optimisation aims to identify the zeotropic mixture or pure fluid with the
lowest entropy production. Each of the 78 zeotropic mixtures detailed in Section 2.4 is evaluated
to accomplish this. By varying the mole fractions of these mixtures from 0 to 1, the whole range of
compositions of the zeotropic mixtures is evaluated.

Optimising the cascade heat pump aims to identify the zeotropic mixtures or pure fluids for the upper
and lower cycles that minimise entropy production. The optimisation process should also determine
the optimal temperature for the stream exiting the evaporator in the upper cycle, denoted as T1, as
discussed in section 3.1.2. Unlike the single-stage heat pump optimisation, which has only one opti-
misation variable, the cascade heat pump optimisation involves three variables: the molar fractions of
the zeotropic mixtures in both the upper and lower cycles and T1. The three variables significantly in-
crease the parameter space compared to the one variable in the single-stage optimisation, requiring a
more elaborate optimisation logic, which will be explained in Section 3.2.1. Next to the more elaborate
optimisation logic, the parameter space is reduced, as will be detailed in Section 3.2.2.

3.2.1. Optimisation logic
The code structure for optimising the single-stage heat pump consists of multiple files, functions, and
classes. Figure 3.4 presents a simplified overview of this structure. The optimiser evaluates the heat
pump cycle for all 78 mixtures’ mole fractions, ranging from 0 to 1 in increments of 0.01, using the
SimpleSingleStage class. It returns the total entropy production to the optimiser, which then stores
the top five mole fractions based on the lowest entropy production values.

Since there can be a slight difference between themole fraction that yields the lowest entropy production
and the one that achieves the highest COP , the optimiser selects the mole fraction with the highest
COP from these top five and records it in an Excel file. A more detailed overview of the code structure
for optimising the single-stage heat pump can be found in Figure A.2 in Appendix A.

Figure 3.4: Simplified code structure overview of the single-stage heat pump optimisation.
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The cascade heat pump optimisation process involves three variables: the mole fractions of the upper
and lower cycle, and the temperature at point 1. Determining the optimal heat pump configuration using
the single-stage method would require excessive computing power. Therefore, two optimisation func-
tions have been utilised: skopt.Optimizer and SciPy.minimize_scalar. In optimising the cascade
heat pump, skopt.Optimizer is used to identify the optimal mole fractions for the upper and lower cy-
cles by employing an algorithm that makes educated guesses about which mole fractions would yield
the best performance. The SciPy.minimize_scalar function is used to find the optimal temperature
T1. A simplified overview of code structure for the cascade heat pump is shown in Figure 3.5.

For the cascade heat pump optimisation, the top 5 best-performing mole fractions for each cascade
pair are saved, and the one with the highest COP is stored in the Excel file. A more detailed overview
of the code structure for optimising the cascade heat pump can be found in Figures B.3 and B.4 in
Appendix B.

Figure 3.5: Simplified code structure overview of the cascade heat pump optimisation.

3.2.2. Parameter space analysis
For the single-stage heat pump cycle, 78 zeotropic mixtures are analysed. For each binary mixture,
100 different molar fractions are evaluated, resulting in 7800 mixtures for the single-stage heat pump
optimisation.

In the cascade heat pump, the same 78 zotropics can be analysed for the upper and lower cycle. With
78 possible mixtures for both cycles, there are 6,084 possible cascade pair combinations (78 x 78).
Furthermore, if each mole fraction is assessed in increments of 0.01, the total number of mixture pairs
that need to be analysed would be nearly 61 million (6,084 x 100 x 100).
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The previous section mentioned one method to reduce the number of mixture evaluations; using the
optimisation function skopt.Optimizer. However, this approach still leads to an excessive number
of mixtures to analyse. To address this problem, the pool of cascade pairs is refined using specific
selection criteria.

First, a selection process was conducted for the zeotropic mixtures used in the upper cycle. The upper
cycle was simulated for all 78 zeotropic mixtures, with mole fractions ranging from 0 to 1 in increments
of 0.01. To select a zeotropic mixture, it had to meet the following requirements:

• A minimum critical temperature of 160 °C to ensure operation near critical or in transcritical con-
ditions, close to the saturation line.

• A maximum working pressure of 50 bar.
• A maximum entropy production of 180 W/K for the compressor, condenser, HEX transferring heat
to the sink air, IHX, and expansion valve when solving for the upper cycle at a temperature (T1)
of 90 °C.

These criteria narrowed the pool of potential zeotropic mixtures for the upper cycle down to 10. For the
zeotropic mixtures intended for the lower cycle, the following two criteria were established:

• A minimum critical temperature of 110 °C to facilitate subcritical operation.
• A maximum critical pressure of 50 bar.

The selection criteria reduced the pool of zeotropic mixtures for the lower cycle to 42 options. Combined
with the pool of zeotropic mixtures for the upper cycle, a total of 420 (10 x 42) cascade pairs remain.
To further refine this pool, the complete cycle for each cascade pair was solved with a T1 of 90 °C.
This process was successful for 340 cascade pairs, which now form the final pool for the optimisation
routine. Figure 3.6 illustrates a Sankey diagram of the entire selection process.

Figure 3.6: Sankey diagram of parameter space reduction for the cascade heat pump optimisation.

The temperature T1 is optimised using scipy.minimize_scalar function, for which it is crucial to specify
boundary conditions. Preliminary studies have shown that temperatures below 80 °C lead to a signifi-
cant difference in pressure ratio between the upper and lower cycles. Conversely, temperatures above
100 °C do not substantially improve entropy production. Therefore, the selected boundary conditions
are 80 °C for the lower limit and 100 °C for the upper limit.

3.3. Sizing of heat pump components
This section describes the sizing methods for the compressor and HEXs. First, the simulation of the
centrifugal compressor using loss correlations is explained. Following that, the sizing of the brazed
plate HEX, which will be used to size the condensers, evaporators, and IHXs, is discussed.

3.3.1. Compressor sizing
The centrifugal compressor has been chosen for the heat pump cycles, as discussed in section 2.5.2.
The design approach for estimating the dimensions of the centrifugal compressor and validating the
assumed isentropic efficiency is based on widely accepted loss correlations. This methodology is
detailed and validated in the work of Uusitalo et al. (2020). The approach involves solving velocity
triangles and determining the compressor’s main dimensions. The dimensions that remain constant,
along with the ratios between them, are presented in Table 3.3. The key dimensions of the impeller are
illustrated in Figure 3.7a. Additionally, Table 3.3 provides the velocity ratios necessary to construct the
velocity triangle for the impeller. An example of this velocity triangle is shown in Figure 3.7b.
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Table 3.3: Input parameters for the design of the compressor that were kept constant

Z Number of blades 18 Uusitalo et al. (2020)
δb Blade thickness 2 mm Uusitalo et al. (2020)
t Tip clearance height 0.5 mm Uusitalo et al. (2020)
D1,tip/D2 Impeller inlet tip to outlet diameter ratio 0.5 Naukkarinen (2013)
D1,hub/D1,tip Impeller inlet hub-to-tip diameter ratio 0.3 Naukkarinen (2013)
Cu2/U2 Peripheral absolute velocity to peripheral velocity ratio 0.65 Naukkarinen (2013)
Cr2/U2 Radial absolute velocity to peripheral velocity ratio 0.3 Naukkarinen (2013)
D3/D2 Diffuser outlet to impeller outlet diameter ratio 1.6 Japiske (1996)
b∗ Diffuser pinch 0.95 Japiske (1996)
e Relative wake coverage of diffuser passage 0.25 Kus and Nekså (2013)

(a) (b)

Figure 3.7: Illustrations showing the dimensions of the impeller (a) and the velocity triangle at the impeller outlet (b).

Table 3.4 shows the loss correlations used in this study. It should be noted that this study does not
account for leakage losses originating from compressor clearances, except for the tip clearance, nor
does it consider potential volute losses.

To determine the optimal compressor design resulting in the highest isentropic efficiency, the specific
speed is varied from 0.6 to 1.3. The relationship between the specific speed and the rotational speed
of the compressor is given by

Ns =
ωV̇1

0.5

∆h0.75
is

, (3.1)

where ω represents the rotational speed, V̇1 is the volumetric flow rate at the inlet, and ∆his is the
enthalpy difference for isentropic compression. The rotational speed determined for the first stage will
be utilised for the subsequent stages, allowing all stages to share a common driving axis.

Utilising the Euler turbomachinery equation and assuming that the flow enters the compressor without
pre-swirl, the peripheral velocity at the impeller outlet can be calculated by

U2 =

√
∆hc
χ

. (3.2)

The difference in enthalpy across the compressor, denoted as ∆hc, is initially calculated using an as-
sumed isentropic efficiency of 0.8. After the first iteration, this isentropic efficiency is updated to align
with the simulation-determined efficiency, and the simulation is then rerun. This process is iterated until
the error between the input isentropic efficiency and the simulated isentropic efficiency falls within a
specified threshold.
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Table 3.4: Compressor loss correlations

Disk friction ∆hdf = 0.5f(ρ1 + ρ2)D
2
1

U3
2

16ṁ
Daily and Nece (1960)

where, Re = ρ2U2
D2
2µ2

f = 0.0622/Re0.2

Tip clearance ∆htc = 0.6 t
b2
Cu2

√
2 π
Zb2

Cu2Cr1
D2

1,tip−D2
1,hub

(D2−D1,tip)(1+ρ1/ρ2)
Jansen (1967)

Skin friction ∆hsf = 2f Lb
Dh

W̄ 2 Jansen (1967)

where, f = 0.006

Lb =
D1,tip

2
+D2 −D1,hub

Dh = π
D2

1,tip−D2
1,hub

πD1,tip+2Z(D1,tip−D1,hub)

W̄ =
2W2+W1,tip+W1,hub

4

Blade loading ∆hbl = 0.05D2
fU

2
2

Coppage and Dallenbach
(1956)

where, Df = 1− W2
W1,tip

(
1 +

0.75(U2Cu2−U1Cu1)/U
2
2

Z/π(1−D1,tip/D2)+2D1,tip/D2

)
Recirculation loss ∆hrec = 8.0e−5 sinh(3.5α3

2)D
2
fU

2
2 Oh (1999)

Mixing loss ∆hmix =
1

1+tan2 α2

(
1−e−b∗

1−e

)2 C2
2
2

Johnston and Dean (1966)

Diffuser loss ∆hdiff = 2f Ldiff
Dh,diff

C2
avg Japiske (1982)

where, f = 0.015
(

1.8e5

Rediff

)0.2

Rediff =
ρCr,avgDh,diff

µ2

Cr,avg = Cr2
D2

2Ldiff
ln D3

D2

ρ2
0.5(ρ2+ρ3)

Ldiff =
D3−D2

2

Dh,diff = 2b2b
∗

Cavg =
C2+C3

2

The variable χ represents the ratio of the peripheral absolute velocity to the peripheral velocity (Cu2/U2).
Using the peripheral velocity U2 and the angular velocity ω, the impeller outlet diameter D2 can be
determined. The diameters at the impeller inlet tip and hub, and the velocity triangles can be solved
using the ratios provided in Table 3.3. Finally, the outlet blade height b2 is calculated using continuity
equations and the velocity triangles.

The total enthalpy loss is calculated as

∆hloss = ∆hdf +∆htc +∆hsf +∆hbl +∆hrec +∆hmix +∆hdiff, (3.3)

which value is then used to calculate the isentropic efficiency per stage as

ηis,st =
∆his

∆his +∆hloss
. (3.4)

The isentropic efficiency for each stage, the pressure ratio per stage, and the initial pressure and tem-
perature are used to determine the overall isentropic efficiency.

The model has been validated using experimental data from Dewar et al. (2019). The design inputs
utilised in the experiment are as follows: Π = 2.38, ṁ = 1.79 kg/s, n = 27, 660 rpm, Pin = 0.96bar,
Tin = 300K, and r3/r2 = 2. This data was incorporated into the model, allowing for a comparison of
isentropic efficiency and dimensions between the experimental results and the model predictions. The
findings are presented in Table 3.5.
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Table 3.5: Compressor model validation.

Fluid ηis, % D2, mm D1,tip, mm D1,hub, mm b2, mm

Experimental (Dewar et al., 2019) Air 79.8 270.9 134.9 40.5 12.2
Model Air 83.4 271.5 135.7 40.7 11.1

Relative difference, % 4.32 0.22 0.59 0.49 -9.91

3.3.2. Heat exchanger sizing
As discussed in section 2.5.1, the condenser/gas cooler, evaporator, and IHXs will all be plate HEXs.
Since the pressures in the condenser/gas cooler and IHXs can reach up to 60 bar, a brazed plate
HEX has been chosen for these components. To simplify sizing, the evaporator will also be a brazed
plate HEX. The HEXs that transfer heat between the HTF and the air will not be simulated. Including
them when comparing heat pump configurations is unnecessary, as their sizes remain constant across
different heat pump cycles and working fluids.

The results of the sizing of the brazed HEXs will include the following parameters: the length of the
plate (Lpl), the number of plates (Npl), the total effective heat transfer area (Aeff), the mean heat transfer
coefficient of the hot fluid (αh,m), and the mean heat transfer coefficient of the cold fluid (αc,m). To
determine these parameters, the plate dimensions must be defined. All required dimensions are shown
in Table 3.6. Schematic corrugation and chevron plate drawings are shown in Figure 3.8, indicating the
geometrical parameters.

Table 3.6: Input parameters for the design of the HEX that were kept constant

β Cheveron angle 65◦
B Corrugation depth 2 mm
Λ Wave lenght of corrugation 5 mm
λpl Thermal conductivity plate 17 W/m K
δpl thickness of the plate 0.5 mm

Figure 3.8: Schematic representation of a chevron plate and its geometrical parameters.

Using the dimensions stated in Table 3.6, the hydraulic diameter can be determined as

Dh = 2B/Φ. (3.5)

Here B is the corrugation depth and Φ is the area enlargement factor, which can be calculated as

Φ = 1/6
(
1 +

√
1 +X2 + 4

√
1 +X2/2

)
. (3.6)
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The area enlargement factor is the ratio of the effective heat transfer area to the projected area. The
dimensionless corrugation parameter X that is used to calculate the area enlargement ratio is defined
as

X = πB/Λ, (3.7)

where Λ is the wavelength of the corrugation.

The heat transfer area can be calculated using the Log Mean Temperature Difference (LMTD) and the
overall heat transfer coefficient, as explained in Section 2.5.1. To determine the overall heat trans-
fer coefficient, it is necessary to identify the heat transfer coefficients for both the hot and cold fluids.
Calculating these heat transfer coefficients for the different HEXs requires four correlations: one for
two-phase condensation of zeotropic mixtures, one for gas cooling, one for two-phase evaporation of
zeotropic mixtures, and another for single-phase flow. All correlations are described in Table 3.7.

For the condensation of a zeotropic mixture, an adjusted Silver-Bell-Ghaly method is utilised, as pro-
posed by Zhang et al. (2021a). This method demonstrates strong predictive capabilities, attaining a
mean absolute relative error of 12.2% compared to the experimental data for a zeotropic mixture of
R134a and R245fa. The heat transfer coefficient for the supercritical fluid in the gas cooler is estimated
using the correlation developed by Zendehboudi et al. (2021). This correlation has a mean absolute
relative error of 11.6% compared to experimental data for transcritical CO2. For the evaporation of
the zeotropic mixture, the heat transfer coefficient is estimated using a method described by X. Huang
et al. (2025), who reported a mean absolute relative error of 11.8% based on experimental data for a
propane and isobutane mixture. Finally, the correlation used for the single-phase heat transfer coeffi-
cient is proposed by Martin (1996).

To determine realistic HEX sizing, it is essential to consider the pressure drop across the HEX. The
total pressure drop can be calculated as

∆p = ∆pfric +∆pg +∆pacc. (3.8)

The calculation of each of the terms in Equation (3.8) is detailed in Table 3.8. In the HEX calculation,
the pressure drop is maximised at 20 kPa for both the hot and cold streams.
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Table 3.7: Heat transfer coefficient correlations for plate heat exchangers

Condensation of zeotropic mixture
1

αtp,cond
= 1

αpure
+ Z

αV
Bell and Ghaly (1973)

where, αpure = 0.4703Re0.5221eq Pr
1/3
L Bd0.1674ρ∗0.2126(kL/Dh) Zhang et al. (2021b)

ρ∗ = ρL/ρV

Reeq =
Gwf(1−xm+xmρ∗0.5)Dh

µL

Bd = g(ρL − ρV)D
2
h/Γ

Z = xcp,v∆Tg/∆h Del Col et al. (2005)
αV = fiα

0
V Thome et al. (2003)

α0
V = 0.023Re0.8V Pr

1/3
V (kV/Dh) Incropera and Dewitt (1996)

fi = 1 +
(

uV
uL

)0.5 (
(ρL−ρV)gδfilm

Γ

)0.25
Thome et al. (2003)

ReV = ρVuVDh/µV Del Col et al. (2005)
uV = xG

ρVζ

uL =
(1−x)G
ρV(1−ζ)

δfilm = Dh(1− ζ)/4 El Hajal et al. (2003)
ζ =

uv,s
C0um,s+C1udr

Zhu and Haglind (2020)
uv,s = xG/ρV

C0 = 1.03
(
1−x
x

)0.02
um,s = G

(
x
ρV

+ 1−x
ρL

)
C1 = 1 for ζ ≥ 0.25, else C1 =

(
1−x
x

)0.125
udr = 1.53

(
gΓ(ρL−ρV)

ρ2L

)0.25

Cooling of supercritical fluid

αgc = 0.33Re0.804m P̄ r
0.1
m

(
ρwall
ρm

)−0.1 (
c̄p

cp,m

)0.093 (
Gr

Re2.7m

)0.1
Zendehboudi et al. (2021)

Rem = GDh/µm

P̄ rm = c̄pµm/λm

c̄p = hwall−hm
Twall−Tm

Gr =
(ρ̄wall−ρm)ρmgD3

h
µ2
m

ρ̄wall =

∫ Tm
Twall

ρdT

Tm−Twall

Evaporation of zeotropic mixture
αtp,evap = FcSαpool + FαL Thome (1996)
where, Fc = 1 +

∆Tgαpure
q

(
1− exp

(
− q

0.0003ρL∆h

))
Thome (1996)

αpure = Sαpool + FαL Zhang and Haglind (2021)
S = 1/

(
1 + 2.53e−6

(
ReLF

1.25
)1.17) Chen (1966)

F = 2.35(X−1
tt + 0.213)0.736 Chen (1966)

Xtt =
(

ρV
ρL

)0.5 (
µL
µV

)0.1 (
1−x
x

)0.9
αpool = αcooper = 35P 0.12

r (−log10Pr)
−0.55M−0.5(q/1000)0.67 Cooper (1989)

αL = 0.023Re0.8L Pr
1/3
L Incropera and Dewitt (1996)

Single-phase heating and cooling

αsp = 0.122Pr1/3
(

µavg
µwall

)1/6

(fRe2sin2β)0.374 Martin (1996)

f =
(

cosβ
(0.18tanβ+0.36sinβ+f0/cosβ)0.5

+ 1−cosβ

3.8f0.5
1

)−2

f0 =

{
64/Re Re < 2000

(1.8log10Re− 1.5)−2, Re ≥ 2000

f1 =

{
579/Re+ 3.85, Re < 2000

39/Re0.289, Re ≥ 2000
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Table 3.8: Pressure drop calculations in cheveron plate heat exchanger.

Friction ∆pfric = 2f G2

ρ

Lpl
Dh

Fanning friction factor condensation zeotropic mixture

f = (4.207− 2.673β−0.46)(4200− 5.41Bd1.2)Re−0.95
eq (psat/pcrit)

0.3 Tao and Infante Ferreira (2019)

Reeq = G ∗ (1− x+ x(ρL/ρV)
0.5)Dh/µL

Bd = (ρL − ρV)gD
2
h/Γ

Fanning friction factor evapaoration zeotropic mixture

f =

{
0.2090Re0.6043eq Re0.6043L Re < 6000

0.2090Re0.0672eq Re0.7279L , Re ≥ 6000
Yan and Lin (1999)

ReL = GDh/µL

Fanning friction factor single-phase

f = 1
4

(
cosβ

(0.18tanβ+0.36sinβ+f0/cosβ)0.5
+ 1−cosβ

3.8f0.5
1

)−2

Martin (1996)

f0 =

{
64/Re Re < 2000

(1.8log10Re− 1.5)−2, Re ≥ 2000

f1 =

{
579/Re+ 3.85, Re < 2000

39/Re0.289, Re ≥ 2000

Acceleration ∆pacc = G2(xin − xout)(1/ρV − 1/ρL) X. Huang et al. (2025)

Gravitational ∆pg =

{
−gLpl(ρin − ρout)/2, if fluid enters at the top
gLpl(ρin − ρout)/2, if fluid enters at the bottom

X. Huang et al. (2025)



4
Results

This chapter presents the results of the optimisations performed on single-stage and cascade heat
pumps. For both heat pump types, two refrigerant mixtures or cascade pairs are selected for a more
in-depth evaluation. The compressors and heat exchangers for these mixtures and cascade pairs are
sized, and the results are presented. The final section of this chapter presents a sensitivity analysis,
examining the impact of the internal heat exchanger (IHX), heat transfer fluid (HTF), energy losses i
the dryer, and the dryer’s dew point temperature on the heat pump’s performance.

4.1. Single-stage heat pump
The single-stage heat pump optimiser evaluated 78 different mixtures and successfully identified solu-
tions for 69 of them. Among these 69 mixtures, the pure fluid performed best in 4 cases. To ensure the
accuracy of the entropy calculations, the COP was computed using both Equation (2.2) and Equation
(2.10). The COP values obtained from both calculations were identical, confirming that the entropy
production calculations were accurate.

The optimisation results are shown in Figure 4.1, where each point represents the optimal composition
for each of the 69 mixtures evaluated. The mixtures are categorised based on their dominant compo-
nent. As mentioned earlier, four of these points correspond to pure fluids: one for ammonia, one for
butane, and two for hexane. The pure fluids are indicated with squares in Figure 4.1, which shows that
pure fluids exhibit the lowest COP among their respective groups. The graph illustrates a Pareto front,
suggesting no absolute optimal point exists; instead, trade-offs must be carefully considered.

Figure 4.1: Scatter diagram of the single-stage heat pump optimisation results showing the COP vs Π for the optimal
composition of each mixture. The colour of the dots indicates the mixture’s dominant component (> 50 mol%). The squares in

the diagram represent pure fluids, and diamonds represent the mixtures selected for further analysis.

28
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The mixture consisting of 51 mol% butane and 49 mol% hexane exhibits the highest performance,
achieving a COP of 2.77. As indicated by the red diamond in Figure 4.5, this mixture has a relatively
high pressure ratio (Π) of 16.89. Figure 4.2 illustrates the Ts and TQ diagrams for this cycle, which
demonstrates that it operates in the subcritical region.

Figure 4.2: Ts (left) and TQ (right) diagrams for 51 mol% butane & hexane with COP = 2.77 and Π = 16.89.

To compare the butane-hexane mixture with another mixture that requires a lower pressure ratio, the
mixture composed of 96 mol% isobutane and 4 mol% propylene is selected, indicated with the light
blue diamond in Figure 4.5. This mixture achieves a COP of 2.61 and has a pressure ratio of 8.13.
Figure 4.3 displays the Ts and TQ diagrams for this mixture, which indicate that this cycle operates in
the transcritical region.

Figure 4.3: Ts (left) and TQ (right) diagrams for 96 mol% isobutane & propylene with COP = 2.61 and Π = 8.13.

The two cycles can be compared based on the entropy production in each of their components, as
illustrated in Figure 4.4. The isobutane-propylene mixture performs better than the butane-hexane
mixture in the condenser; however, the butane-hexane mixture outperforms the isobutane-propylene
mixture in the evaporator. This variation in performance can be attributed to glide matching. The TQ
diagrams shown in Figures 4.2 and 4.3 show better glidematching for the isobutane-propylenenmixture
in the condenser, while in the evaporator, the glide matching is better for the butane-hexane mixture.

Figure 4.4: Bar diagram showing the entropy production of each component in the single-stage heat pump cycles.
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The poorer performance of the isobutane-propylene mixture is not due to higher entropy production
in the evaporator, as this is offset by improved performance in the condenser. Instead, the significant
performance difference compared to the butane-hexane mixture is primarily due to increased entropy
production in the IHX and the expansion valve. In the IHX, higher entropy production occurs partly
because the high-pressure fluid can be cooled to a lower temperature, since the working fluid exiting the
evaporator is at a lower temperature than the butane-hexane mixture. At the same time, the lower inlet
temperature to the expansion valve helps reduce the entropy production across it. However, the overall
entropy production across the expansion valve is still higher for the isobutane-propylene mixture. The
higher entropy production suggests that the transcritical cycle may perform worse than the subcritical
cycle because the expansion process begins farther from the two-phase region.

4.1.1. Sizing of the single-stage heat pump components
To compare the butane-hexane mixture with the isobutane-propylene mixture on a component basis,
the HEXs and compressors have been sized. The results of the compressor sizing are detailed in
Table 4.1. Both mixtures require small, fast-spinning impellers to achieve the desired pressure ratios.
Although the butane-hexane mixture demonstrates better peformance when assuming an isentropic
compressor efficiency of 80%, the adjusted COP based on the simulated compressor power input is
greater for the isobutane-propylene mixture. To calculate the adjusted COP shown in Table 4.1, the
total heat output of the heat pump of 530 kWth was divided by the power input found by simulating the
compressor.

Table 4.1: This table shows the sizing and performance of 2-stage and 3-stage centrifugal compressors for 51 mol% butane &
hexane and 96 mol% isobutane & propylene mixtures. Abbreviations are defined in section 3.3.1. The adjusted COP is
calculated by dividing the heat pump’s total output of 530 kWth by the compressors’ power input from the simulation.

51 mol% butane & hexane 96 mol% isobutane & propylene

Number of compressor stages 2 stages 3 stages 2 stages 3 stages

Pc, kW 219.35 210.86 208.72 207.26
ηis, % 69.8 72.6 77.8 78.4
n, krpm 86 64 102 82
Adjusted COP , − 2.42 2.52 2.54 2.56
Πstage, − 4.11 2.57 2.85 2.01

1st compressor stage

Pc,st, kW 111.86 71.97 107.03 71.59
ηis,st, % 70.7 73.2 78.8 78.8
D2, mm 82.7 89.6 61.9 62.8
D1,tip, mm 41.4 44.8 31.0 31.4
D1,hub, mm 12.4 13.4 9.3 9.4
b2, mm 3.5 6.3 3.5 5.2

2nd compressor stage

Pc,st, kW 107.49 65.86 101.69 68.82
ηis,st, % 72.1 81.4 79.2 81.4
D2, mm 80.6 85.5 60.1 61.7
D1,tip, mm 40.3 42.8 30.1 30.8
D1,hub, mm 12.1 12.8 9.0 9.3
b2, mm 1.4 3.8 1.8 2.9

3rd compressor stage

Pc,st, kW - 73.03 - 66.85
ηis,st, % - 69.0 - 79.3
D2, mm - 89.6 - 60.4
D1,tip, mm - 44.8 - 30.2
D1,hub, mm - 13.4 - 9.1
b2, mm - 1.2 - 1.8

The results of the sizing of the HEXs are detailed in Table 4.2. The gas cooler for the isobutane-
propylenemixture has a heat transfer area that is 111% larger than that of the butane-hexane condenser.
Conversely, the evaporator for the butane-hexane mixture is 104% larger than that for the isobutane-
propylene mixture. These differences can be partly attributed to glide matching; better glide matching
results in a smaller LMTD, which necessitates a larger heat transfer area.
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Table 4.2: Sizing of the brazed plate heat exchangers for the 51 mol% Butane & Hexane and 96 mol% Isobutane & Propylene
mixtures. The abbreviations used in the table are explained in section 3.3.2.

51 mol% Butane & Hexane Lpl (m) wpl (m) Npl (−) Aeff (m2) αh,m (kW/m2K) αc,m (kW/m2K)

Condenser 1.228 0.5 55 45 2.55 1.75
Evaporator 0.546 0.25 257 47 1.59 4.40
IHX 0.385 0.2 215 22 1.16 1.31

96 mol% Isobutane & Propylene

Gas cooler 1.496 0.5 95 95 1.95 1.34
Evaporator 0.544 0.25 129 23 2.29 5.94
IHX 0.427 0.2 141 16 2.03 2.11

4.2. Cascade heat pump
The cascade heat pump optimiser evaluated 340 mixtures and found a solution for each. A pure fluid
outperformed mixtures in the lower cycles four times, but never in the upper cycle. The COP was
calculated using both Equations (2.2) and (2.10), yielding identical values and confirming the accuracy
of the entropy production calculations.

The results of the cascade heat pump optimisation are presented in Figure 4.5. This figure shows that,
unlike single-stage heat pumps, high-performing cascade pairs are identified at low pressure ratios.
The most efficient cascade cycle consists of a mixture of 61 mol% isopentane and 39 mol% dimethyl
ether in the upper cycle, and a mixture of 74 mol% butane and 26 mol% hexane in the lower cycle.
This combination will be referred to as cascade pair 1, which is marked with a yellow diamond in Figure
4.5. Cascade pair 1 operates at a pressure ratio of 5.00 in the upper cycle and 2.98 in the lower cycle,
achieving a COP of 2.68. The Ts diagrams for cascade pair 1, shown in Figure 4.6, indicate that the
upper cycle is transcritical while the lower cycle is subcritical.

Figure 4.5: Scatter diagram of the cascade heat pump optimisation results displaying the pressure ratios for the upper (Πu)
and lower (Πl) cycles on the x-axis and y-axis. The colour of each point indicates the corresponding COP value, and the

diamonds represent the selected cascade pairs for further analysis.

To compare the performance of cascade pair 1 with another, cascade pair 2 is selected, which consists
of a upper cycle mixture of 55 mol% isopentane and 45 mol% dimethyl ether, and a lower cycle mixture
composed of 62 mol% dimethyl ether and 38 mol% isopentane. This cascade pair is represented by
a green diamond in Figure 4.5. Cascade pair 2 operates at a pressure ratio of 5.05 in the upper cycle
and 2.55 in the lower cycle, achieving a COP of 2.66. For clarity, the mixtures used in both cascade
pairs are described in Table 4.3.

Table 4.3: Description of the compositions of cascade pairs 1 and 2

Working fluid upper cycle Working fluid lower cycle

Cascade pair 1 61 mol% isopentane & dimethyl ether 74 mol% butane & hexane
Cascade pair 2 55 mol% isopentane & dimethyl ether 62 mol% dimethyl ether & isopentane
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(a) Ts diagram of the upper cycle: 61 mol% isopentane and dimethyl
ether with Π = 5.00.

(b) Ts diagram of the lower cycle: 74 mol% butane and hexane with Π
= 2.98.

Figure 4.6: Ts diagrams of cascade pair 1 with a COP of 2.68.

The two cascade pairs can be analysed based on the entropy production in each component of the
cascade heat pump, as illustrated in Figure 4.7. The results reveal minimal differences between the
two cycles. The entropy production in both the condenser and evaporator indicates effective glide
matching, as the entropy production for both cascade pairs is comparable to that of the condenser in
the single-stage heat pump using the isobutane-propylane mixture, and to the evaporator of the single-
stage heat pump employing the butane-hexane mixture. However, the better overall glide matching
of the cascade heat pump is offset by entropy production in the shared HEX, which prevents it from
significantly outperforming the single-stage heat pump.

Figure 4.7: Bar diagram showing the entropy production in the cascade heat pump cycles with cascade pair 1 and 2.

4.2.1. Sizing of the cascade heat pump components
To compare the two cascade pairs on a component basis, the HEXs and compressors have been
sized. The sizing and performance details for the compressors in both the upper and lower cycles of
the cascaded pairs are presented in Table 4.4. Similar to single-stage heat pumps, fast-spinning, small
impellers are required to achieve the desired pressure ratio. The adjusted COP for cascade pair 1,
when using a single-stage compressor for both the upper and lower cycles, is 2.65. Switching to a two-
stage compressor for both cycles increases the adjusted COP by 0.9%. For cascade pair 2, utilising a
two-stage compressor in both cycles results in an adjusted COP of 2.64. Therefore, after accounting
for simulated compressor efficiency, cascade pair 1 still outperforms cascade pair 2.

The sizing of HEXs is detailed in Table 4.5. The sizes of the HEXs for both cascade pairs differ little.
The total heat transfer area of all HEXs combined is 216 m² for cascade pair 1 and 211 m² for cascade
pair 2. The most significant difference between the two heat pump cycles lies in the Gas cooler and
the shared HEX. The gas cooler for cascade pair 2 is 4.9% larger, while the shared HEX in cascade
pair 1 is 17.9% larger.
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Table 4.4: This table shows the sizing and performance of 1-stage and 2-stage centrifugal compressors for cascade pairs 1
and 2. Abbreviations are defined in section 3.3.1. The adjusted COP is calculated by dividing the heat pump’s total output of

530 kWth by the compressors’ power input from the simulation.

Cascade pair 1 Cascade pair 2

Upper cycle Lower cycle Upper cycle Lower cycle

Number of compressor stages 1 stage 2 stages 1 stage 2 stages 1 stage 2 stages 1 stage 2 stages

Pc, kW 137.04 136.87 63.10 61.52 144.92 142.06 60.78 58,68
ηis, % 78.5 78.6 80.5 82.6 77.1 78.6 78.7 81.5
n, krpm 125 84 61 39 137 88 86 54
Πstage, − 5.00 2.24 2.98 1.73 5.05 2.25 2.55 1.60

1st compressor stage

Pc,st, kW 137.04 72.87 63.10 30.67 144.92 75.12 60.78 29.30
ηis,st, % 78.5 79.4 80.5 83.4 77.1 79.3 78.7 82.4
D2, mm 55.4 59.7 93.1 101.9 51.9 57.9 63.7 71.6
D1,tip, mm 27.7 29.8 46.5 51.0 26.0 29.0 31.9 35.8
D1,hub, mm 8.3 8.9 14.0 15.3 7.8 9.3 9.6 10.7
b2, mm 2.3 3.0 3.3 6.0 2.1 3.0 2.4 4.4

2nd compressor stage

Pc,st, kW - 64.0 - 30.85 - 66.94 - 29.38
ηis,st, % - 79.9 - 82.5 - 80.2 - 81.6
D2, mm - 56.1 - 102.3 - 55.0 - 71.7
D1,tip, mm - 28.0 - 51.2 - 27.5 - 35.8
D1,hub, mm - 8.4 - 15.3 - 8.2 - 10.8
b2, mm - 2.0 - 3.4 - 2.0 - 2.7

Table 4.5: Sizing of the brazed plate heat exchangers for cascade pair 1 and cascade pair 2. The abbreviations used in the
table are explained in section 3.3.2.

Cascade pair 1 Lpl (m) wpl (m) Npl (−) Aeff (m2) αh,m (kW/m2K) αc,m (kW/m2K)

Gas cooler 1,491 0,5 89 88 2.12 1.38
IHX upper 0.318 0.2 103 9 2.98 2.88
shared HEX 0.886 0.4 115 54 2.61 4.45
IHX lower 0.180 0.1 185 4 1.71 2.14
Evaporator 0.885 0.4 131 61 1.83 4.05

Cascade pair 2

Gas cooler 1.498 0.5 93 92 2.08 1.35
IHX upper 0.324 0.2 101 9 3.05 2.88
shared HEX 0.930 0.4 93 46 2.54 5.29
IHX lower 0.131 0.1 109 2 3.66 3.04
Evaporator 1.189 0.4 99 62 2.12 4.20

4.3. Comparison between the single-stage and cascade cycles
To assess the performance of various heat pump cycles and determine the optimal choice, key data
from the two single-stage heat pump mixtures and the two cascade pairs are compiled in Table 4.6. A
two-stage compressor is used for the single-stage heat pump and the upper cycle of the cascade heat
pump, while a single-stage compressor is used for the lower cycle in the cascade heat pump.

In Table 4.6, the best-performing values are highlighted in bold. The highlighted values show that, after
adjusting for compressor performance, a higher COP can be achieved with a cascade heat pump cycle.
Specifically, cascade pair 1 shows an improvement of 4.3% in COP compared to the single-stage heat
pump cycle using the isobutane-propylene mixture. However, this enhancement may not be sufficient
to justify the higher capital costs of transitioning from a single-stage to a cascade heat pump system,
as it requires adding a single-stage compressor and two HEXs.
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Table 4.6: This table summarises the key performance indicators and dimensions for the heat pump cycles in sections 4.1 and
4.2. The single-stage cycles use a two-stage centrifugal compressor, while the cascade cycles feature a two-stage compressor

in the upper cycle and a single-stage compressor in the lower cycle.

Single-stage heat pump Cascade heat pump

51 mol% butane 96 mol% isobutane Cascade pair 1 Cascade pair 2
and hexane and propylene (upper / lower) (upper / lower)

Adjusted COP , − 2.42 2.54 2.65 2.61
Πstage, − 4.11 2.85 2.24 / 2.98 2.25 / 2.55
n, krpm 86 102 84 / 61 88 / 86
ηis compressor, % 69.8 77.8 78.6 / 80.5 78.6 / 78.7
D2 impeller stage 1, mm 82.7 61.9 59.7 / 93.1 57.9 / 63.7
D2 impeller stage 2, mm 72.1 60.1 56.1 / - 55.0 / -
Total HEX area, m2 114 134 216 211

4.4. Sensitivity study
As discussed in the previous section, the improvement in the COP of the cascade heat pump may not
justify the increased capital costs. Therefore, this section focuses on a sensitivity study of single-stage
heat pump cycles, specifically examining the effects of the IHX, the HTF, energy losses in the dryer,
and the dryer’s dew point temperature on the heat pump’s performance.

The effects of the IHX are analysed to determine their importance for optimal performance. Additionally,
the impact of the HTF on performance is examined, as an HTF is required only when the heat pump
is located in a secluded area. To analyse the effects of the IHX and HTF, various configurations of the
single-stage heat pump were simulated using butane-hexane and isobutane-propylene mixtures. The
results of these simulations are summarised in Table 4.7. Comparing cycles with and without an IHX
shows that including an IHX leads to an average COP increase of 45.53% for cycles utilising an HTF
and 34.74% for cycles that do not. Furthermore, evaluating cycles with and without an HTF, the COP
increases by 5.72% for cycles equipped with an IHX, and by 14.29% for those without an IHX.

Table 4.7: Performance comparison for different IHX and HTF configurations (3 = used, 7 = not used).

3 IHX 3 HTF 3 IHX 7 HTF 7 IHX 3 HTF 7 IHX 7 HTF

Fluid mixture COP ηII (%) COP ηII (%) COP ηII (%) COP ηII (%)

51 mol% butane & hexane 2.766 52.24 2.917 55.42 1.870 33.86 2.220 40.96
96 mol% isobutane & propylene 2.611 49.03 2.767 52.28 1.824 32.95 2.004 36.59

Most studies on implementing a heat pump in drying processes assume isenthalpic drying; however,
this study considers an energy loss of 20% of the total heat input. To analyse the impact of this assump-
tion, the effect of energy losses within the dryer is investigated. By varying energy losses from 0% to
30% of the total heat input and simulating the heat pump cycles, the influence of these dryer losses on
heat pump performance can be assessed.

Figure 4.8a presents the results of the simulations conducted. When comparing the COP at 20% dryer
losses to the isenthalpic drying scenario (0% dryer losses), there is a notable improvement of 3.2% for
the butane-hexane mixture and 5.9% for the isobutane-propylene mixture.

In addition to decreasing energy losses in the dryer, increasing the dew point temperature of the humid
air exiting the dryer can also improve the COP , as shown in Figure 4.8b. Specifically, increasing the
dew point temperature from 85 °C to 90 °C results in a 4.8% improvement inCOP for the butane-hexane
mixture and a 2.9% improvement for the isobutane-propylene mixture.

It can be concluded that reducing energy losses in the dryer and increasing dew point temperatures can
enhance the COP . To explore whether a combination of higher dew points and reduced energy losses
can further improve the COP , simulations were conducted for the single-stage heat pump cycles with
dew points ranging from 80 °C to 90 °C and dryer losses varying from 0% to 30%. The results of these
simulations are presented in Figures 4.8c and 4.8d.
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Reducing dryer losses from 20% to 0% while increasing the dew point from 85 °C to 90 °C leads
to a 7.4% increase in the COP for a butane-hexane mixture and an 11.6% increase for an isobutane-
propylene mixture. The most significant rise in COP occurs when energy losses drop from 30% to 20%,
resulting in an average increase of 7.5% in COP across various dew points for both mixtures. Further-
more, raising the dew point from 80 °C to 90 °C yields an average COP increase of 8.0% across the
four different levels of energy loss simulated for both mixtures. This substantial performance improve-
ment, resulting from reduced energy losses and increased dew point, demonstrates that achieving a
higher COP involves not only optimising the heat pump cycle but also optimising the dryer.

(a) Impact of losses in the dryer on the COP of a single-stage heat
pump with a θdp of 85 ◦C in the dryer.

(b) Impact of dew point temperature in the dryer on the COP of a
single-stage heat pump with a loss of 20% in the dryer.

(c) Impact of dryer losses and dew point on COP for a single-stage
heatpump with 51 mol% butane & hexane.

(d) Impact of dryer losses and dew point on COP for a single-stage
heatpump with 96 mol% isobutane & propylene.

Figure 4.8: Influence of dryer losses and dew point temperature in the dryer on heat pump performance.
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Conclusion and discussion

This thesis focused on designing and optimising a heat pump cycle for integration into an industrial dryer.
Two heat pump cycles were simulated and optimised using different zeotropic mixtures and adjusting
their molar fractions. The compressors and heat exchangers were sized to compare the various heat
pump cycles on a component-by-component basis.

The highest COP was observed in a single-stage heat pump cycle utilising a zeotropic mixture of 51
mol% butane and 49 mol% hexane, operating subcritically. This mixture was compared to another
well-performing zeotropic mixture, consisting of 96 mol% isobutane and 4 mol% propylene, operating
transcritically, which exhibited a significantly lower pressure ratio in the compressor. In the optimisation,
where an isentropic efficiency of 80% for the compressor was assumed, the isobutane-propylene mix-
ture recorded a 5.6% lower COP than the butane-hexane mixture. However, upon evaluating the com-
pressor performance of both mixtures, it was found that the adjusted COP for the isobutane-propylene
mixture was 5.1% higher than the butane-hexane mixture when employing a two-stage centrifugal
compressor for both mixtures. The significant reduction in the COP for the butane and hexane mixture
can be attributed to the required pressure ratio. A higher pressure ratio demands greater tip veloc-
ities, which in turn result in increased losses. While a higher pressure ratio can lead to increased
COP , as demonstrated in Figure 4.1, this principle does not hold true when considering compressor
efficiency. Consequently, the best-performing single-stage heat pump is the one that employs the
isobutane-propylene mixture.

It is essential to highlight that the compressor simulations relied on a simplified model, where velocity
triangles were assumed, and loss correlations were applied. Due to the small size of the compressor
impellers, these losses might have been underestimated. Additionally, internal clearance losses and
losses in the volute were not considered, which could result in lower isentropic efficiency and COP than
the simulations indicated. Moreover, using a centrifugal compressor is worth discussing, as it is based
on American Petroleum Institute (API) recommendations that suggest operating a piston compressor
at output temperatures no higher than 175 °C. However, maximum output temperatures for this type of
compressor are increasing.

In addition to sizing the compressor, the brazed plate HEXs have been sized for the heat pump cycles.
A total of three brazed plate HEXs, with a combined effective heat transfer area of 134 m², is required
for the single-stage heat pump operating with the isobutane-propylene mixture. The total heat transfer
area required when using the butane-hexane mixture is 17.8% smaller; however, this reduction in area
is insufficient to offset the significantly lower COP associated with that mixture. For transferring heat
between the air and HTFs, a finned tube HEX has been chosen. Since there is no variation in size
across the different heat pump cycles, the finned tube HEXs have not been sized.

The best-performing cascade cycle has aCOP of 2.68. In this heat pump, the working fluid for the upper
cycle consists of 61 mol% isopentane and 39 mol% dimethyl ether, which is operated transcritical. The
lower cycle utilises 74 mol% butane and 26 mol% hexane, operating at subcritical conditions. Unlike
the optimisation of the single-stage heat pump, the optimisation of the cascade heat pump did not
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evaluate all possible molar compositions. Instead, an optimisation logic was employed for each pair
in the cascade to determine minimum entropy production. As not every mole fraction was evaluated,
it is possible that the identified minimum may not be the absolute lowest but rather a local minimum.
Furthermore, only 6.9% of all possible cascade pairs were assessed. The restriction on the temperature
range for the working fluid exiting the evaporator of the upper cycle may have also limited the ability to
find the optimal cascade heat pump cycle.

A comparison of the COP between the best- and second-best-performing cascade pairs showed only a
slight advantage of 0.8% for cascade pair 1, which still outperformed cascade pair 2 when accounting
for compressor performance. When comparing the COP of cascade pair 1 to that of the isobutane-
propylene single-stage heat pump after adjusting for compressor isentropic efficiency, there is a notable
4.3% advantage for the cascade heat pump. However, it’s essential to note that the cascade heat
pump requires 91% more heat transfer area and utilises two compressors instead of one. From an
economic perspective, the 4.3% increase in COP is likely insufficient to justify the higher capital costs
associated with the expanded heat transfer area, and, more importantly, the additional costs of a second
compressor.

Considering capital costs, the single-stage heat pump cycle thus demonstrates the best performance.
Based on the adjusted COP , the isobutane and propylene mixture outperforms the butane and hexane
mixture by 5.1%. Although the butane-hexane mixture requires a lower total heat transfer area, this
does not compensate for the performance difference. Therefore, the optimal heat pump cycle for the
analysed drying process is a single-stage heat pump using a zeotropic mixture of 96 mol% isobutane
and 4 mol% propylene as the working fluid, operating in the transcritical region.

To investigate the impact of the Internal Heat Exchanger (IHX) and the Heat Transfer Fluid (HTF) on
the performance of single-stage heat pump cycles, a sensitivity analysis was conducted. The results
showed that incorporating an IHX increased the COP by an average of 45.53%. Thus, it can be
concluded that the IHX is essential for achieving good performance in a single-stage heat pump. Ad-
ditionally, removing the HTF cycles resulted in a 5.72% increase in COP . While this is a significant
improvement, it is unwise to eliminate the HTF cycles due to the importance of locating the heat pump
in a secluded area when using highly flammable or toxic working fluids.

The main research question of this thesis was: What is the optimal vapour compression heat pump
cycle, considering configuration, working fluid selection, and component choice and sizing, for a non-
isenthalpic industrial drying process?

The study demonstrates that the optimal vapour compression heat pump cycle is a single-stage heat
pump with an internal heat exchanger that uses a zeotropic mixture consisting of 96 mol% isobutane
and 4 mol% propylene as its working fluid, achieving a COP of 2.54. This heat pump features three
brazed plate HEXs: a gas cooler with an effective heat transfer area of 95 m², an IHX with an effective
area of 16 m², and an evaporator with an effective area of 23 m². The compressor is a two-stage
centrifugal compressor operating at 102 krpm, equipped with an impeller having an outer diameter of
61.9 mm in the first stage and 60.1 mm in the second stage.

To compare the results of this study with those of other studies that assume isenthalpic drying, simula-
tions of single-stage heat pumps were conducted with dryer losses ranging from 0% to 30%. The anal-
ysis revealed that the COP for the isobutane-propylene mixture increased by 5.87% when isenthalpic
drying was assumed, compared with a scenario with 20% dryer losses. Additionally, the sensitivity
study indicated that increasing the dryer’s dew point to 90 °C increased the COP of the isobutane mix-
ture by 2.92%. When combining isenthalpic drying with a dew point of 90 °C, performance improved
further, resulting in a total increase of 11.58% in COP . This significant performance improvement
shows that achieving a higher COP requires not just optimising the heat pump cycle but also optimis-
ing the dryer.
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Recommendations

In this study, calculations for the heat exchangers and compressors were conducted only after optimis-
ing the heat pumps. For future research on this topic, it is recommended to include the pressure drop
across the heat exchangers and to calculate compressor efficiency during the heat pump optimisation
process. However, this will demand significantly more computing power, so it’s advisable to reduce the
parameter space used in this study when integrating pressure drop and efficiency calculations into the
optimisation.

Incorporating the pressure drop across the heat exchangers will make the optimised heat pumps more
realistic. Additionally, including simulations of the compressor in the optimisation may show that a
lower isentropic efficiency leads to a smaller reduction in the COP than this study indicates. This
difference arises because, in the compressor simulation, the outlet pressure was set to match the
pressure determined during the heat pump optimisation. As the isentropic efficiency decreases, it’s
possible to achieve the same desired pinch temperature at a lower pressure, which would require less
energy input than what the compressor simulations in this study suggest. Therefore, while a lower
isentropic efficiency than assumed results in a lower COP , the actual difference may be smaller than
the results of this study indicate.

Additionally, considering the power consumption of the fans and pumps required to circulate the air
and heat transfer fluids will further improve the realism of heat pump cycle simulations. By accounting
for these factors, the heat pump’s actual power consumption is taken into account, resulting in a more
realistic COP .

Finally, it is recommended to calculate the installed cost of the main components of the proposed
heat pumps to assess overall capital expenses. The compressor is likely to be the most expensive
component; however, to gain a complete understanding of the total costs, all components should be
included in the analysis. This means calculating the costs of the compressors, brazed plate HEXs,
and finned-tube HEXs. Understanding these capital costs will allow for the calculation of the payback
period, which can help determine whether investing in the heat pump is worthwhile.
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A Code structure single-stage heat pump

Figure A.1: Flowchart of the simulation of the single-stage heat pump.
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Figure A.2: Code structure for the single-stage heat pump optimisation and simulation.



B Code structure cascade heat pump

Figure B.1: Flow chart of the simulation of the upper cycle in the cascade heat pump.
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Figure B.2: Flow chart of the simulation of the lower cycle in the cascade heat pump.
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Figure B.3: Code structure without details on SimpleCascade class (see for a more detailed SimpleCascade class Figure B.4).
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Figure B.4: Code structure zoomed in on SimpleCascade.py.
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