L A it .

i —

Investigating the non-linear structural dynamics of
cargo and sea-fastening subjected to ship-induced

loads

MT54035
D rckenuder

‘ Delft Unive}rsity of Technplogy

BIGLIFT BaRg),
AMSTERDAN



Thesis for the degree of MSc in Marine Technology in the specializations of Ship and Offshore
Structures and Ship Hydromechanics

Ship-cargo interaction for large
and stiff cargo

Investigating the non-linear structural
dynamics of cargo and sea-fastening subjected
to ship-induced loads

by

A.D. Speksnijder

at

BigLift Shipping

This thesis MT.23/24.011.M is classified as confidential in accordance with the general conditions for
projects performed by the TU Delft.

To be defended publicly on Monday December 4, 2023 at 16:00

Thesis committee: Dr. H.C. Seyffert TU Delft, chair
Dr. A. Grammatikopoulos TU Delft
Dr. A. Cabboi TU Delft
U. Karacadagli MSc BigLift Shipping
Ir. R. Verwey BigLift Shipping
Project Duration: February, 2023 - December, 2023
Institution: Delft University of Technology
Faculty: Faculty of Mechanical, Maritime and Materials Engineering, Delft
Student number: 4671813
Cover: Photograph taken during the Yunlin project by BigLift

Electronic version: http://repository.tudelft.nl/

5
TUDelft BIGIFT


http://repository.tudelft.nl/

Preface

Dear reader,

This thesis on "Ship-cargo interaction for large and stiff cargo” finalizes the master Marine Technol-
ogy at Delft University of Technology. The research was conducted at BigLift Shipping, one of the
leaders in the heavy-lift shipping market. Heavy-lift shipping is an area where both my specialization
tracks 'Ship Hydromechanics’ and 'Ship and Offshore Structures’ are of great importance. The interac-
tion between the tracks was something that | wanted to include in my research, leading to the thesis
as presented to you.

| could not have completed this thesis without the help of many people. At first, | would like to thank my
supervisors from Delft, being Apostolos Grammatikopoulos and Harleigh Seyffert. In my experience,
they gave me a lot of freedom on how to tackle this problem. They were always open for discussions
and supported me with new perspectives when | got stuck. | really enjoyed working together with you
both. At last, | would like to thank Alessandro Cabboi for participating in the thesis committee and
sharing his views on the thesis.

| also appreciate the support from Umut Karacadagli and Roel Verwey, and Anne Vreeburg for the
first part, for their supervision from BigLift. They helped me envision the problem from the operative
side, helping me to focus on the practical implementation of my results. Their constructive feedback
helped me improve the quality of my research. Finally, something | also greatly value was being able
to propose my own research problem.

At last, but certainly not least, | am grateful to my parents, brother, sister, flatmates, and friends for
supporting me through my thesis. They helped me reflect on the process and kept me motivated.

A.D. Speksnijder
Delft, November 2023



summary

An important trend exhibited by the offshore wind market is the increase in the size of wind turbines,
leading to longer and stiffer monopiles with larger diameter-to-thickness ratios. Current transport anal-
ysis is focused on loads resulting from hydrodynamic accelerations, without taking into account loads
resulting from differences in bending deflection between the vessel and cargo.

Research related to ship-cargo-fluid dynamics comprises shifting cargo related to stability, sloshing
and its influence on dynamics and multi-body dynamics related to lifting operations. However, research
concerning the impact of stiffness on dynamic behavior and structural response is limited. A specific
study has shown the influence of the on the mode shapes, load distribution and eigenfrequencies, but
some limitations were identified here. In this study, hydrodynamic contributions were excluded and
linear modeling was applied. This emphasizes the need for further research.

Understanding the structural response of cargo and sea-fastening systems subjected to hydrody-
namic loads helps engineers optimize support structures and identify potential risks that result in cargo
damage. The identified knowledge gap is summarized in the following research question:

"How does the interaction between a vessel and large, stiff cargo affect the structural dynamic be-
havior, considering the influence of non-linear constraints posed by sea-fastening?”

This research aims to create an efficient numerical model that defines the responses of the cargo and
sea-fastening system based on hydrodynamic loads. Using this model for analysis enables providing
an answer on the research question.

An in-depth analysis is conducted on a project executed by BigLift. Analyzing this case in a static
manner showed the sensitivity of force distribution in the sea-fastening system, particularly for stiff
cargoes with low deflection. This analysis also showed that the axial deflection of the saddles and the
bending deflection of the ship significantly influence the force distribution.

The dynamic analysis conducted on this case showed that this problem should indeed be modeled
in a non-linear manner, because contact was lost for some saddles in the sea-fastening system. Linear
modeling results in an overconstrained situation, overestimating forces in the sea-fastening system and
bending moments in the cargo.

Finally, different parametric analyses are performed where the sea-fastening system and cargo proper-
ties are varied. Increasing the number of saddles in combination with decreasing their stiffness leads to
a significant decrease in maximum force in the sea-fastening system and maximum bending moment
in the cargo. But, increasing the number of saddles without decreasing its stiffness leads to increased
non-linear behavior, caused by earlier cargo detachment from saddles in the sea-fastening system.

A parametric analysis related to the lashing properties showed little influence of this element on the
structural response of the sea-fastening system and cargo. This can be explained by the difference in
magnitude between lashing forces, weight of the cargo and resulting normal forces.

The last parametric analysis performed is related to the stiffness and length of the cargo. This
parametric analysis showed that the normal force increases for both and increases in length and diam-
eter. For the bending stress a decrease is observed for an increasing diameter, due to the increase in
stiffness. In addition, the two different parameteric analyses performed on the cases with the largest
structural response showed that certain different sea-fastening arrangements can be defined when the
structural response boundary conditions are taken into account.

Finally, a workflow on how sea-fastening design can be performed in a more informed manner is
identified, using the model created in this research.
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Introduction

Within the offshore wind market, there is a significant trend towards larger wind turbines in terms of
power and size, with rotor diameters exceeding 250 meters by 2030 [1, 2]. As a result, the monopiles
used as foundation also increase in size [3]. Concerns arise that this increase in size could affect
the transport operation. Current transport analysis is focused on loads resulting from hydrodynamic
accelerations, without taking loads into account resulting from differences in bending deflection between
the vessel and cargo.

BigLift Shipping is specialized in heavy-lift transport and is one of the leaders in this market. Within
the BigLift fleet, a number of different ship classes are used to transport various types of cargo. This
research focuses on stiff and oversized cargo, which is transported by MC-class carriers, capable of
carrying loads up to 16.000 mT. Figure 1.1 shows an example of a project in which monopiles with a
diameter of 8 meters were transported.

Figure 1.1: Example of large monopiles being carried by MC-class

The main particulars of this vessel type are shown in table 1.1. This information is based on data from
BigLift. The table shows that the length is limited, especially in comparison to its breadth. This large
breadth follows from stability and cargo capacity concerns.



Table 1.1: Main particulars MC-class vessel

Parameter | Value | Unit
Length overall L 171 m
Breadth B 42 m
Depth H 12 m
Draught T 6.5 m
Deadweight DWT | 20.675 | mt
Displacement V 32.000 | m?

Knowledge gap

When analyzing ship-cargo interactions, extensive research is done on the influence of moving cargoes
on ship stability or load distribution [4—6]. Much research is also available on the effect of sloshing on
the dynamics of a vessel [7-9]. Finally, a vast amount of literature is present which models and analyzes
the flexible multibody dynamics of suspended cargo during lifting and transport operations [10-14].

Research on the interaction effects between ship and stiff cargo, and the behavior of the combined
system is limited. The research carried out by Mikail analyzes the influence of stiff monopiles on the
frequency-response curves of a heavy lift vessel [15]. Although this research addresses the fact that
it influences the frequency-response curves, some additional elements need to be investigated. Hy-
drodynamic contributions were excluded in this research, and the results were obtained using a linear
approach. The thesis of Hazim showed that a linear versus non-linear approach can have significant
influence on the frequency response curves [16]. A linear approach can lead to a large difference if it
results in the problem being overconstrained. This emphasizes the need for further research.

Accurate knowledge of ship and cargo dynamics could be of great importance for heavy-lift transport.
The design accelerations by the cargo define the size of the sea-fastening system that needs to be
applied for safe transportation. With regard to the sea-fastening of heavy-lift shipping, some important
behavior can be identified.

Heavily constraining the cargo by sea-fastening leads to load transfer from the ship to the cargo.
In addition to the resulting stresses and stress concentrations, this could also lead to severe fatigue
damage. From this point of view, loose sea-fastening is preferred. This implies that less loads are
transferred from the vessel to the cargo, which preserves its fatigue life. Some studies have been con-
ducted on fatigue damage to the sea-fastening system [17], but no research is found relating fatigue
damage to cargo to the influence of loads transferred by the sea-fastening system. The need to under-
stand the structural vibrations of the cargo is essential to define fatigue damage, as this contribution
can become significant [18].

In contrast, not constraining the cargo enough could lead to unwanted vibration of the cargo, or it
completely detaching from the sea-fastening system. In addition to this, Steelwind Norderham shows
that for very high diameter-to-thickness ratios the monopile also becomes sensitive to damage at the
support locations [19]. They showed that weight induces high local bending stresses, which could lead
to local plasticity at support locations. This implies that too much reduction in sea-fastening grillage
leads to structural deterioration of the monopile. Therefore, an optimum can be found in the level of
constraining that is applied.

Relevance & Significance

Research shows that wind turbine transport and installation account for approximately 18 % of capital
costs [20, 21]. Reducing the levelized cost of energy (LCOE) of offshore wind energy is one of the main
concerns of the industry, to be more competitive to fossil-based alternatives. A better understanding
of ship and cargo responses could result in a more optimized sea-fastening arrangement, which would
lower transport costs.

A study of marine accidents in the heavy-lift industry showed that the second most significant contribu-
tor to accidents are technical failures, accounting for 23 % of the total failures [22]. In Europe maritime



accidents account for 140 deaths and 1.5 billion euros damage annually [23]. This is especially true in
heavy-lift shipping, in which cargoes are specialized and of high value. For the cargoes transported by
BigLift, the values transported by the MC-class can be multiples of 10 million euros. This data is based
on consultation with BigLift cargo superintendents.

This emphasizes the need for a thorough understanding of the ship-cargo interactions in relation to
the sea-fastening system, to mitigate the risk of a technical failure. This is emphasized by the increasing
diameter-to-thickness ratios of the monopiles, making them more vulnerable in general. This research
has the potential to enhance the understanding of interactions and inform engineers about possible
critical situations.

Research question, objective & scope

To summarize, almost no research is available which covers the response of the cargo and sea-
fastening system in relation to hydrodynamic-based loads encountered during transport. This is in
contrast to the fact that research related to this behavior could be of great importance to the industry.

The trend of monopiles becoming more stiff and vulnerable as a result of their increasing diameter-
to-thickness ratios emphasizes the need for research regarding this behavior. Insight into cargo re-
sponses helps to ensure safe transportation while preventing damage. This insight could contribute to
a more optimized sea-fastening system, reducing transporting costs.

The research question is defined as follows, based on this identified knowledge gap:

"How does the interaction between a vessel and large, stiff cargo affect the structural dynamic be-
havior, considering the influence of non-linear constraints posed by sea-fastening?”

This research question is broken down into the following sub-questions:

1. In what manner can the interactions between the vessel and cargo be modeled using non-linear
constraints imposed by the sea-fastening system?

2. How does the bending of the cargo contribute to additional loads experienced in the ship and
sea-fastening system?

3. What is the influence of sea-fastening on the structural dynamic response of the cargo and sea-
fastening and how can connection be ensured?

4. To what extent does non-linear modeling influence the observed response compared to a linear
approach?

The main objective follows from the research question and is defined as follows:

“To create a numerically efficient model that defines the response of the cargo and sea-fastening sys-
tem based on ship-induced loads”

It should be emphasized that an efficient model is important in this research. Due to the absence
of other research and the variability of cargo and sea-fastening arrangements, it is valuable to be able
to perform a vast amount of calculations. This enables the investigation of a large spectrum of this
behavior, identifying cases where there is a significant change in dynamic behavior or load distribution.
Types of analysis could be, but are not limited to, parametric studies or Monte Carlo analysis.

The research is focused on the MC-class vessels of BigLift. The parameters of these vessels are
used as input in this research. It is expected that the results of this research can be extrapolated to
other vessels, as long as the hull properties are similar. For hulls with open sections this research
might not be representative.

Furthermore, this research focuses only on cargo relevant to heavy-lift shipping. Cranes, monopiles
and topsides are examples of this. Within the modeling, no impact dynamics or mechanics are consid-
ered. The only relevant part is to define the situation and magnitude of disconnection of the cargo, not
necessarily what happens afterward.



At last, only harmonic loads or excitation sources are considered in this research. This could be
wave loads or propeller and engine vibrations. Impact loads such as slamming or whipping are not
considered in this research. The identified solution method is not able to solve for transient behavior.

Thesis outline

At first, a brief summary of the literature review is presented in chapter 2. Note that this is a condensed
version of the initial review, including only the elements relevant to the research that is presented. Chap-
ter 3 describes the identified models and further elaborates on them. A different identified approach
is discussed here as well. Chapter 4 describes the hydrodynamic model that is created and how its
results serve as a loadcase for the structural model. The structural model is constructed using both
linear and non-linear approaches, with details provided in chapter 5. This finalizes the modeling part,
enabling to start the research, for which the results are presented in chapter 6. The results consist of
the analysis of various cases and different parametric analyses, all of which are presented within this
section. Finally, chapter 7 summarizes the conclusions and recommendations.



Literature review

This chapter discusses the relevant literature related to the identified solution method. Note that this
is a summarized version of the original literature review, only literature that contributed to creating the
model and obtaining results is discussed.

2.1. Description to-be-created model

A general outline of the to-be-constructed model can be defined based on the problem description.
Figure 2.1 shows a schematic version of an MC-class vessel carrying a monopile. This figure shows
that 2 sub-models are required to model the complete problem, being a structural model and a hydro-
dynamic model. Note that for these models the ship is the connection between the two models, since
it is present in both the structural and hydrodynamic model.

Structural model n

Hydrodynamic model

Figure 2.1: Distinguished sub-models required to analyse the total problem

At first, a broad understanding exists related to the hydrodynamic model. Various methods exist that
define the dynamic behavior of a ship subjected to wave loads. Note that this dynamic behavior is used
as input for the structural model, this defines the excitation. For the structural model this is not the case,
here complexity is introduced non-linear elements in the sea-fastening system. These elements are
described in further detail in section 2.2.2. Research is required on how the ship-cargo interactions can
be defined when these objects are connected using non-linear elements. An investigation is made to
determine how methods from different fields of study can be applied to solve for structural dynamics.

The identified sub-models and elements in the models will form the basis for this literature review. For
all elements an analysis in the literature is made on how these can be modeled best. The analysis for
both submodels ends with a conclusion where trade-offs are made if a choice exists between different
models.
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2.2. Definition of structural model

This paragraph describes the definition and approach applied to the structural model, as identified
in figure 2.1. The desired functionality of this model is to define the structural and elasto-dynamic
response of the ship, sea-fastening elements and cargo. Figure 2.2 shows an outline of this model.
This figure shows that the structural model consists of 3 elements, being the ship, sea-fastening system
and the cargo. In this figure an arbitrary set-up of the sea-fastening system is shown, represented by
a spring, a unilateral spring and a rotational spring respectively. The sea-fastening system is expected
to significantly influence the response, because here the forces and moments are exchanged by the
ship and cargo.

Structural model

Sea-fastening system

Figure 2.2: Identified elements in structural model

Based on this subdivision of elements separate analysis is performed on how these elements best can
be modeled, taking the desired functionality into account. These analyses are presented in paragraphs
2.21and 2.2.2.

2.2.1. Modeling of ship and cargo

Based on the dimensions shown in table 1.1 the conclusion can be drawn that the ship can be modeled
as a beam. This is justified by the fact that the length is significantly larger than the width or height. Two
different models with different properties are distinguished, these are Euler-Bernoulli and Timoshenko
theory. These are the so-called classical models. Compared to each other, the Timoshenko is more
extensive since it includes shear deformation [24, 25]. In general, the Euler-Bernoulli model is valid
for homogeneous slender beams, while the Timoshenko model can be applied in the case of thick
orthotropic beams as well.

The paper of Labuschagne shows that for higher modes, corresponding to higher eigenfrequencies,
the effects of shear become important [24]. It shows that the Euler-Bernoulli model becomes invalid,
with discrepancies of factor 4 compared to the eigenfrequencies defined by the FEM model. The results
of the Timoshenko model are accurate compared to the FEM model, with differences less than 3% [25].
Therefore, for this thesis the ship is modeled as a Timoshenko beam.

Another important element to emphasize is the fact that the ship’s hull is closed. This results in there
being no coupling between torsional and horizontal bending [26]. Therefore, it is possible to model the
ship in a 2D manner. Later on in the literature review this will be elaborated further.

For the cargo model the variability of the cargo is an important element. It might occur that some
cargoes cannot be classified as slender, so, therefore, the more general Timoshenko theory is better
suitable [24, 25].

2.2.2. Modeling of sea-fastening system's elements

Within heavy lift shipping, various sea-fastening arrangements are present. These arrangements func-
tion as the boundary conditions between the coupled ship-cargo system.
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In practice, BigLift uses various types of structural elements to ensure sea-fastening. Examples of
these are push-pull bars, shear plates and lashing wires. Elements of the sea fastening system are
summarized with their properties in table 2.1. Combinations of these elements are used to ensure the
sea-fastening of cargo elements. Note that for the lashing wire and saddles non-linear behavior can
originate. In order to fully behave linearly, the component needs to be able to have the same reaction
in tension or compression.

For shear plates and stoppers a different conclusion can be drawn. These elements are generally
not used to provide tensile resistance in a sea-fastening arrangement. But when evaluating their force
deflection properties the conclusion can be drawn that these elements can be modeled in a linear
manner.

Table 2.1: Elements sea-fastening system used at BigLift and loads it can withstand

Element | Tension | Compression
Lashing wire/chain | v~ X
Saddle X v’
Shear plate X v’
Stoppers X v’
Push-pull bars v’ v’

Lashing wire

The tension test of a steel wire showed that the load-strain relation is linear up to the point where
yielding occurs [27]. Therefore, the lashing wire can be modeled as a linear spring, no nonlinearities
are involved here. Note that in some cases this lashing wire can be applied with pre-tension as well.

Saddles

The saddles carry the weight of the monopiles and resist movement in port-starboard directions. In the
longitudinal direction the movement is constrained by friction forces and lashing wires. Here, nonlin-
earities can originate. Literature shows that if both static and dynamic friction are taken into account in
dynamic analysis, the friction force becomes a non-linear function of the velocity [28]. This would be
present in cases where saddles are used.

This friction would be a damping factor since it always counteracts the velocity. Various models

could be applied, from which Coulomb friction would be the simplest [29]. Later in the research, an
analysis should be made to determine the influence of friction on the coupled dynamics.

Shear plates, push-pull bars, stoppers

These sea-fastening elements completely restrict movement in certain directions. If these are applied
all together, a pinned or rotationally restrained boundary condition can be assumed. For the push-pull
bars it should be noted that these distribute the load on a larger part of the vessel. Figure 2.3 shows
an example of how these elements are applied within the sea-fastening systems at BigLift.

Figure 2.3: Usage of shear plates and push-pull bars in the sea-fastening system on the MC-class vessels
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Multi-body contact problem

Based on knowledge from practice from BigLift and previous research, the case shown in figure 2.4
is distinguished. This shows the lashing system used for monopiles, consisting of lashing wires and
saddles. The lashing wires are depicted as springs in this figure, and it is assumed that some form of
pretension is applied. The saddles are represented by the boxes present between the monopile and
the ship.

Using a linear solver does not allow for separation between the monopile and contact points [15].
Therefore, the problem could be overconstrained, leading to incorrect load transfers from and to the
monopiles. This research should investigate to what extent linear modeling influences the results.

Monopile

Ship

Figure 2.4: Constraints applied to monopiles in [15]

This leads to the conclusion that the utilized model should enable the use of non-linear constraints, to
ensure that friction and the multi-body contact problem can be handled.

Furthermore, the sea-fastening elements cause discontinuities in the to-be-created model. Therefore,
the problem cannot be solved with an analytical solution. A model needs to be created that takes all
boundary conditions into account, using beam theory and solving it using a system of equations.

2.2.3. Elasto-dynamic model

This section describes the model required to define the response for a given load. The domain of
elastodynamics covers how materials deform and respond for a dynamic load. Due to the oscillatory
nature of wave loads, vibrations are relevant. Further details on wave loads are described in section
2.3. In addition, several other vibration sources such as engines and propellers are also present on
board a vessel. First, some basic models are discussed to obtain general knowledge. These models
are relevant in case no non-linear boundary conditions are used in the structural interface. After that,
more sophisticated methods are discussed, which are able to solve the multi-body contact problem.
Attention is paid to the non-linear boundary conditions.

Analytical solution

When considering vibration dynamics, equation 2.1 is defined as the governing equation for Euler-
Bernoulli beams. This equation is derived from the force equilibrium in the y-direction, which is per-
pendicular to the length of the beam [30]. Coordinate z is in the length direction of the beam. In this
equation parameter pA is defined as the mass per unit length. Parameter E is defined as the Young’s
modulus and parameter I as the area moment of inertia. Finally, p is defined as the applied load, as a
function of position and time.

9%y 02 92
pAa—tg + 5 (El(x)axz> = p(z,1) 2.1)

Solving this equation for a homogeneous beam without an applied load result in certain eigenmodes
and eigenfrequencies. This solution would be a continuous analytical solution. These modes and



2.2. Definition of structural model 9

frequencies are defined by the boundary conditions of the problem.

For Timoshenko beams, equation 2.2 represents differential equations [31, 32]. These result from
the force and moment equilibrium for an infinitesimal small element. Here, the angle ¢ represents
the rotation of the plane perpendicular to the neutral axis due to shear, while the angle ~ is the angle
caused by pure bending. Parameter k is the Timoshenko shear coefficient. All other parameters in this
equation have the same definition as in equation 2.1.

2
2 2 .
- El(x)% + EGAy(x,t) — I(m)p% =0

Note that no analytical solution exists for Timoshenko beams. These governing equations are used in
the derivation of the stiffness matrix for a FEM model [33].

Finite element solution
Two main modeling techniques exist, being [34]:

* Mesoscale-based: Lattice element model
» Continuum-based: Finite element model

Mesoscale models are able to incorporate complex properties of materials, like disorders, quasi-brittieness
and fracture [34]. Bolander states that this type of modeling should be applied in case of severe inelas-
tic processes [35]. For example, in [36] the lattice element method is used to model the dynamics of a
cracked beam.

Continuum models provide an efficient solution method for homogeneous elastic structural prob-
lems [35]. It is known that the material properties in this research will vary as continuous functions, so
therefore a continuum approach is valid. Yielding, cracks or other strong discontinuous processes are
not considered in this research. Note that in this approach, the assumption is made that rotations and
strains remain small [37].

Figure 2.5 shows the discretization of the system shown in figure 2.1 in the normal mode method. Here,
the distributed mass of the ship is discretized into a finite number of elements. The top masses are
defined by the cargo, connected by beams to incorporate its stiffness. Extensive literature is present
to define Timoshenko beam elements in a finite element method [38, 39]. Note that cubic interpolation
for displacement and quadratic interpolation for rotation must be used to prevent the effect of shear
locking [40]. This research will be used to construct the model.

The bottom part of the figure shows the hydrodynamic restoring stiffness and hydrodynamic damp-
ing represented by springs and dampers respectively. The hydrodynamic added mass is accounted
for in the mass at the nodes. At last, the hydrodynamic loads can be considered to be distributed over
the hull.

Note that, as mentioned earlier, this problem is modeled in 2D. Because of the low bending-torsion
coupling, it is expected that this does not have a significant influence on the bending dynamics.

—0—0—0
FEEEEFEERRRR

L1 1

p(x,t)

A

Figure 2.5: Discretization of ship-cargo-fluid system using the finite element method. The boundary conditions are the same
as defined in figure 2.1.
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This discretization shown in figure 2.5 is performed in order to use the normal mode method [30, 41].
In case of a linear analysis, two important properties can be distinguished [41]:

* Invariance: if a motion is excited on a certain mode, the others stay limited
* Modal superposition: individual motions of free and forced oscillations can be super-imposed.

By using the aforementioned properties, linear algebra and orthogonality relations, the eigenmodes and
eigenfrequencies can be defined for multi-degree of freedom systems. Using this, frequency-response
spectra can be obtained.

Non-linear solution

Although the properties of linear systems are convenient, this method is not able to model the complex
behavior expected due to the non-linear constraints. For this reason, the non-linear normal mode
method is proposed by Rosenberg [42, 43]. Rosenberg defines a non-linear normal mode as a vibration
in unison, which implies that all discretized points reach their maxima and pass through zero at the same
time instant [43].

An additional definition is presented by Shaw and Pierre, who define a non-linear normal mode as
a two-dimensional invariant manifold in phase space. This approach makes the analysis possible for
non-conservative systems [44, 45]. Three key properties that distinguish non-linear normal modes from
their linear counterparts are [41]:

» Frequency—energy dependence: the shape of the frequency response spectrum depends on
excitation energy

» Modal interactions: Non-linear Normal Modes (NNMs) can experience internal resonance, which
implies an internal energy exchange between modes

» Mode bifurcations: within the frequency-response spectrum multiple responses for the same ex-
citation frequency can be found

The frequency-energy dependence is shown mathematically in equation 2.3 [46]. This implies that
both the mode shape 1), and corresponding eigenfrequency w, depend on the excitation amplitude a.
Appendix A shows an example of this behavior, compared to its linear counterpart.

s = ’(/)(J,‘,a)
ws = w(a) (2.3)
s=1,2,...

Regarding the modal interactions and mode bifurcations an example is shown in appendix B. This
example shows that internal resonances cause bifurcations and it shows the energy exchange between
different modes. Note that not all non-linear normal modes are stable, and therefore, these cannot be
represented physically. So, not all branches shown in appendix B are stable, in reality this would be
observed as a rapid change in energy. For instance, exciting a high-frequency mode could lead to a
large response in a low-frequency mode [41]. Another important property is that at a low energy level,
the non-linear normal mode is equal to the linear normal mode. Various methods use this property to
make an initial guess for further calculations.

Equation of motion

Equation 2.4 shows a non-linear equation of motion, for a multi-body system [47]. In this equation M
represents the mass matrix, K the stiffness matrix, g,,; the non-linear stiffness and damping vector and
f.; the time dependent excitation vector. This equation is then solved for the displacement vector X,
which represents the lumped mass degree of freedom.

Mx + Cx + Kx + gni {X, X} = fnl {X, X7 t} (24)
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Note that this equation can be transformed into a first order differential equation by using the state
vector z = {x, x} [47]. The main limitation compared to the linear normal mode method is, at first, that
the principle of superposition does not hold anymore. Therefore, the problem cannot be transformed
into an eigenvalue problem. Another complication is that orthogonality relations, for example between
eigenmodes, are also limited [41]. Therefore, solutions are more complex to derive.

In this case, the solution should be specified for discrete systems, in order to account for the disconti-
nuities between the cargo and ship model. In addition, due to the possible case of damping by friction,
the system becomes non-conservative. Complex behavior arises when friction is taken into account,
numerous and complex bifurcations are present for these systems [48].

Figure 2.6 shows an example of bifurcations for an arbitrary system in a frequency response plot. In
this figure, cons. is an abbreviation of conservative. This behavior needs to be accounted for in the
solution method, since the dashed line is an unstable situation, but part of the solution of the non-linear
differential equation. Therefore, a solution method must be able to identify both responses X, for a
given excitation frequency 2.

0.06

I linear mode

cons. NNM
PRl

004l damped NNM "~

max(X, )

1.98 1.99 2 2.01 2.02

Figure 2.6: Example of bifurcation in non linear normal mode systems [49]

When considering analytical solution techniques the major advantage is that symbolical solutions pro-
vide insight and are useful for parametric studies. But, on the contrary, for complex multi-body systems
these solutions get rather long and complicated. Other drawbacks are that the dynamics is only accu-
rate for small amplitudes and that the results are inaccurate for strong nonlinearities [41]. Furthermore,
[48] states that for damped systems no analytical solution can be found. The modes found in an analyt-
ical manner can only serve as a basis for the damped case, but when the system becomes moderately
non-linear numerical methods become the only solution.

Shooting method & Pseudo-arclength continuation

A numerical method for non-linear systems is presented by Peeters et al. [50]. They proposed to use
a so called shooting method in combination with Pseudo-arclength continuation. The shooting method
provides a solution for the equation of motion, while the pseudo-arclength continuation ensures that
bifurcations are handled correctly. Equation 2.5 shows the shooting function H, which represents the
difference between initial conditions and the response at time 7' [50]. Note that this time T" represents
the eigenfrequency of the normal mode. This implies that this is a check if the displacement z, repeats.

H (20, T) =2, (T, 20) —2p0 = 0 (2.5)

Figure 2.7 shows an example of the iteration performed by the solver, in this figure 4 steps are shown.
This figure shows that for the final iteration the starting point at ¢ = 0 is almost equal to the endpoint
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t = T. This indicates an oscillation with period 7', making it a solution of equation 2.5.

] | |

Ui
U;

IQi — qi

Figure 2.7: Example iterations of shooting method [51]

This method is based on direct numerical time integration. An example of a numerical procedure used
in combination with the shooting method is shown in appendix C. In this procedure the direct time

integration is used in combination with the Newton-Raphson algorithm. Note that this solution method
is performed in time-domain.

A graphical representation of the Pseudo-arclength continuation is shown in figure 2.8. In this figure

the predictor step is shown with the arrow, while the corrector step is shown in the dots. Using this
method the solution is able to include bifurcations.

A
S
Zpo, (j+2)
Zpo,(j+2)

Zp0, (j+1) N

R 200+

Zpo.(j) N
PU) Z[)UV (j+1)
T

Figure 2.8: Pseudo-arclength continuation procedure for mode shape z,0 and eigenperiod T7; [50]

To summarize, key properties of the Shooting method are [50, 52]:

* Time-domain method, therefore able to model transient behavior
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+ Infeasible for large number of degrees of freedom
» Can handle strong nonlinearities accurately (friction, impact laws)

Harmonic Balance Method & Asymptotic Numerical Method

This method focuses on finding harmonic solutions for a system that is loaded periodically [51, 53]. The
method could be especially of importance, as wave loads can be considered harmonic [54]. Equation
2.6 shows the differential equation system used as an example in the HB method. Here, the solution
Y is assumed to be a truncated Fourier series, with a certain selected harmonic index k. This solution
is implemented in the differential equation system, and then terms with a different Fourier index are
dropped [53].

H H
Y(t)=Yo+ Y YerCoskwt+ > Y,y sinkuwt (2.6)
k=1 k=1

Note that for the non-linear case this method only yields an approximation, which converges to the exact
solution if the truncation is increased to infinity [51]. When the nonlinearities are of simple polynomial
form, an analytical approximation could be found. In case of more complicated nonlinearities, numerical
methods should be applied. One major advantage is that the problem is solved in frequency domain.
This results in the reduction of several orders of magnitude of required calculations compared to time
domain analysis. Figure 2.9 shows why solving in the frequency domain for a steady-state solution is
more efficient compared to the time domain. This figure also emphasizes the fact that the HB method
can only be applied to the steady-state solution.

numerical integration Harmonic Balance
successive forward time stepping until solve algebraic equation system
transient approaches periodic state Jor Fourier coefficients

qte) — q(ten) ansatz
g =Y q4c(k) coskQt + 4s(k) sin kOt
k

/ periodic solution \
0 7N\
/ \
/ hY
/ N\
V4 N\
N\
i 33 0 / \ o
/ N\ ds(1) sin Ot
4 Harmonic Balance |
I = = numerical integration

""i ‘I.i.‘“"‘iL.J"‘I"i"‘i‘i\:l“|"i !||'| 0 1 Gc(3) cos 302t
T L 2K B
il IR Gs(3) sin 30

0 10 20 30 40 0 t/T 1
Figure 2.9: Numerical integration versus Harmonic Balance [51]

Three different algorithms are distinguished in [51].

1. Polynomial non-linear forces: solve for closed form expression.
2. For piecewise polynomial forces: determine transition times, proceed as in 1.
3. Generic non-linear forces: apply Alternating Frequency-Time (AFT) scheme

It is expected that for this situation algorithm 2 needs to be applied. This is because in the multi-body
contact problem, the impact can be modeled as a unilateral spring with high stiffness. Itis expected that
in case of friction, it can be modeled using a polynomial description. This is then solved in algorithm 1.
The Alternating Frequency-Time algorithm is discussed in the next paragraph.
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In this approach, the HB method is used to solve the equation of motion and the Asymptotic Numerical
Method is used to handle the bifurcation problem. The asymptotic numerical method starts by perform-
ing a Taylor expansion on the solutions found, as shown in equation 2.7. This method enables branch
following, which is useful when handling bifurcation behavior. Figure 2.10 shows an example of how
this method follows a branch. Note that the starting point of these solution methods is at a low energy
or frequency, where the behavior can still be assumed to be linear.

U(a) = Ug + a®Ug 4+ a®Ug + --- + aVUy (2.7)

[0, mas)

0 Qmax,y _ E =

[0., (Irnm,.l':z]

Uy,

A
Figure 2.10: Asymptotic numerical method applied on solutions U [53]

In [55] a situation is analyzed in which a non-smooth impact force is considered of a U-tube with support
plates. Figure 2.11 shows the considered situation with the simplified situation to a two degree of
freedom system. This problem is solved using the HBM-ANM algorithm. Again, this example will be
useful in order to handle the multi-body contact problem.

Oscillator 2

Out-of-plan bending
approximation

M o

One-dimension
approximation
—

Support plates

U-tube Gap

Support plates

Figure 2.11: U-tube with discretization to 2 degree of freedom system [55]

Note that the Harmonic Balance Method can only fully be applied if the system can be decomposed
into a piecewise linear system, as shown in [55]. There they were able to decompose the system into
4 different timesteps, for which they could derive 4 different linear equations of motion.

For the Harmonic Balance Method the main properties are [51, 52]:
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» Frequency-domain method, so high numerical efficiency compared to time domain methods
» Only steady state behavior can be modeled, no non-periodic processes
* Not able to model strong nonlinearities

Alternating frequency time-domain harmonic balance method

Some time-frequency domain methods exist as well. These methods try to combine both the strong
properties of the time and frequency domain methods by switching between them. A summary of the
Alternating Frequency-Time (AFT) method is shown in figure 2.12. The non-linear force is evaluated in
time domain and after that the Fourier coefficients are computed for this force [52].

q(k)

S )
k evaluation
of force law

fcnl(k)
]Enl(g)

frequency domain time domain

Figure 2.12: Alternating Frequency-Time domain scheme. The non-linear force f,,, is defined in time domain, using the
displacement q, [51]

The main difference between the AFT-HBM and HBM is how the weighted residual is handled. As
stated by Krack: "Harmonic Balance requires that the Fourier coefficients of the residual vanish, up to
the truncation order, H, of the ansatz” [51]. Equation 2.8 shows the requirement for weighted residual
r, and the solution for the HB and AFT-HB method. In this equation, hy and hj; are defined as the
matrices of Fourier series and coefficients, respectively. Within the HB method, Galerkin’s method is
applied using the fact that the residual is orthogonal to the Fourier series, as shown in 2.8. In the AFT
method this method is applied using Inverse and Forward Fourier transforms, denoted by Exn and Ejjy
respectively.

L 1 [T X .
HB: 11 (V1) = T/ b, (Q0)F (hy ()51, hir () QVY 1, 1) dt = 0
0

AFT.ty (Yu) = Eynty (ExaYa,ENnaQVyy) =0

(2.8)

Mixed Shooting - Harmonic Balance Method

In [52] a mixed shooting-harmonic balance method is proposed. This method is able to handle non-
smooth contact laws as well. The results are in accordance with the results based on a purely shooting
method. By combining these 2 methods, the extensiveness of the time-domain and the efficiency of
frequency-domain are used. Figure 2.13 shows a comparison for an MS-HB and HB method. This
figure shows that for severe stick-slip behavior, the force of the HB method is represented incorrectly.
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Figure 2.13: Comparison between MS-HBM and HBM method [52]

Appendix D shows an example of the numerical procedure followed in the Mixed Shooting - Harmonic
Balance method.

2.2.4. Modeling of non-linear constraints

Now that the different solutions methodologies have been distinguished, further research is carried out
on the different constraints. In section 2.2 two different non-linear constraints are distinguished, being
the unilateral saddle constraint and the friction constraint. Both are discussed in this paragraph.

Detachment of saddles

As mentioned earlier, and shown in figure 2.4, the situation might occur that the monopile becomes
disconnected from the saddles. This means that the saddles must be modeled as a unilateral constraint.
This type of constraint allows for free movement in one direction, but limits it in the other [56].

Impact dynamics describes that complete disconnection and its return are characterized by short
duration, high forces, fast dissipation of energy and high accelerations [57]. During an impact, a part of
the energy is transferred into waves of deformation and strain, resulting in vibrations. This emphasizes
that this behavior should be prevented during transport.

Some assumptions are made regarding the detachment of the monopiles:

» Impact dynamics and mechanics are not considered
» Saddles are modeled with finite stiffness, resulting in an initial compressive deflection
» The speed of the pile will be equal to the speed of the saddle if it connects again

The first element is neglected in this research because it is not relevant in this case. This study needs
to define whether the monopile detaches and, if so, the order of magnitude of the detachment. What
happens during and after impact of the monopile is not relevant in this case, because this research is
focused only on identifying the situations of detachment. This implies that fields like plasticity, restitution
coefficients and vibration due to impacts are not considered.

The initial compressive deflection results in contact preservation when the monopile is excited in
higher-order modes. It is known that when the order of the bending mode increases, the deflections
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resulting from this mode become significantly smaller. Therefore, these higher-order deflections will be
smaller than the initial deflection caused by the weight and pretension, ensuring connection between
the monopiles and saddles.

Finally, when the monopile is detached and touches the saddle again, it is assumed that the speed
of the monopile is equal to the speed of the saddle again. This should be the case for small and
momentarily disconnections.

Regularization of contact force

The earlier mentioned paper of Moussi et al. [55] solves the unilateral constraint using a regularization
technique. Equation 2.9 shows the piecewise linear spring force, as a result of the configuration shown
in figure 2.11. Parameter K represents the stiffness of the spring, U the displacement, and e the initial
gap between the element and the spring.

K{U-—e) ife<U
FU)=<X0 if —e<U<e (2.9)
KU-+e) ifU<-—e
This function can be defined using an implicit polynomial, shown in equation 2.10. This function ap-

proaches the piecewise function from equation 2.9. Function f(z; a, ) can be derived from this function,
and implemented into the equations of motion.

f(f —alz—1)(f —alz+1)+na’z=0 (2.10)

Figure 2.14 shows the result of the regularization. For smaller values of », the regularization approaches
the piecewise linear function. By performing this regularization, the HBM is still able to solve the differ-
ential equations.

Contact force
N
&

Displacement (x)

Figure 2.14: Regularization of non-smooth spring force [55]

2.2.5. Finite Element Modeling software

The problem considered in this literature review can be solved as well using Finite Element Modeling
software. FEM is used to subdivide complex structures into smaller elements, which are connected by
means of the beam, plate, shell or solid equations [58]. These equations of all smaller elements are
then connected to each other using boundary conditions. This is the method behind the discretization
shown in figure 2.5.

As shown in the book 'Non-linear Finite Element Analysis of Solids and Structures’, the most com-
mon method that a commercial FEM package applies is a time domain method [59]. Different types
of solvers are defined as implicit, explicit and energy conserving time integration methods. The thesis
of Mikail states that performing non-linear FEM analysis is time intensive [15]. Although the model
consisted only of a limited amount of beams and springs, the analysis time was still extensive.
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In addition to the long computation time, some other potential troubles can also be identified. Using
FEM packages results in complex postprocessing, limited by the tools presented. In addition, using
these programs can give mathematical problems with respect to convergence and stability [60]. This
research also states that reduced-order models reduce the computational problems.

Finally, the researcher wants to obtain a thorough understanding of the phenomena regarding this
problem. This understanding is strongly enlarged by creating a finite element model in, for example,
Python or Matlab. Using a FEM package, the solution method could remain ambiguous, leading to a
false interpretation of the results.

Note that FEM packages could be valuable to verify the created model. This will be the primary
method of verification, since comparable research is limited.

2.2.6. Conclusion

This section discussed the different models that are relevant when defining the structural and elastody-
namic response within the structural model. The need for a discretization method and some non-linear
boundary conditions are identified. Various different solution methods are found to solve this non-linear
problem, of which a selection is made.

Based on current knowledge, the preferred method is to solve the systems response using the
Harmonic Balance Method. The nonlinearities are handled using regularization techniques. The main
driver of this choice is the oscillatory nature of the wave loads and the computational efficiency of this
method. By creating an efficient model in Python or Matlab, the researcher has the freedom to perform
parametric studies and thoroughly investigate the behavior of the system.

2.3. Definition of hydrodynamic model

This section considers the hydrodynamic part of the problem. In this section, an overview of current
models applied to define the fluid-structure interaction is provided. This is reviewed in light of the
properties of the structural model, to ensure that these models are compatible with each other. Note
that the hydrodynamic part provides the excitation for the structural model.

Based on figure 2.1 three important elements can be defined, the ship, the fluid and the hydrody-
namic interface between the two. These elements are highlighted in figure 2.15. All three are analyzed
in this section, concluding with the modeling approach.

S -
! T = = = — [Hydrointerface - == = — = — — :
| (Hydrodynamic model] |

Figure 2.15: Distinguished sub-models required to analyse the total problem

2.3.1. Modeling of ship

In general, there are two approaches to analyzing the hydrodynamic loads acting on a vessel. These
consist of a rigid body and a hydro-elastic approach. The rigid body approach is briefly discussed in
this paragraph.

Rigid body approach

In the majority of hydrodynamic analysis, a rigid body is assumed. Programs used in industry like
WAMIT, NEMOH and HAMS assume this approach, which provides fast and accurate predictions of
hydrodynamic loads [61]. This type of modeling can only be applied in cases where the structural
deflections due to the hydrodynamic forces of the body are limited. This approach is also referred as a
one-way coupling analysis.
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It is expected that due to the limited size of the vessel, and its closed hull, a rigid body approach
is sufficient. This because no eigenfrequencies of the vessel will be excited based on hydrodynamic
loads. Note that this also implies that the motion response amplitude operators are not affected by stiff
cargo. The contribution of stiff cargo incorporated in the vessel stiffness even implies that the vessel
becomes more stiff, further justifying a rigid body approach. Hydro-elastic behavior and the regions of
interest are kept in mind throughout the research, especially when the eigenfrequencies approach the
exciting frequency.

2.3.2. Modeling of fluid

Within the field of hydrodynamic analysis for large vessels, the most widely applied fluid model is po-
tential theory [26, 62, 63]. This theory assumes that the fluid is irrotational and incompressible. The
definition of the velocity potential ® is shown in equation 2.11.

u=Vaoe
(200 @1
- |0z’ 0y’ Oz

The undisturbed wave potential can be derived using Laplace’s equation, in combination with 3 bound-
ary conditions. These boundary conditions are the impenetrability of the seabed, the dynamic and the
kinematic boundary condition of the free surface. Equation 2.12 shows the general velocity potential
together with the dispersion relation. In this equation ¢, represents the wave amplitude. Parameters g
and w represent the acceleration due to gravity, and the frequency. The wave number is represented
by k, the water depth by h and the position in the water by 2. At last, parameter y represents the wave
direction. The dispersion relation follows from the kinematic boundary condition, and can be used to
simplify the potential for shallow and deep water conditions.

Cag COS|I(k‘(h—|—Z)) . .
(D t - k k - t
(x,y,2,1t) (o) sin(kx cos p + ky sin y — wt) (2.12)

w? = kgtanh kh

2.3.3. Modeling of hydrodynamic interface

When ships show dynamic behavior in a fluid, certain elements come into existence at the interface.
Examples of this are added mass A, hydrodynamic damping B and restoring stiffness C. In figure 2.5
this damping and stiffness is represented by dampers and springs at the bottom of the lumped mass
model. These parameters are defined using matrices since they have different values for different
motion directions.

Added mass is defined as the inertia of water that interacts with the vessel’s hull in a dynamic state
[64]. This contribution is always positive to the mass or inertia moment, resulting in lower accelerations.

Hydrodynamic damping is defined as the out-of-phase force with velocity [63]. This force is caused
by waves that dissipate energy, and viscous effects such as skin friction and turbulence [65]. Note
that, due to the assumption of inviscid flow, the effects of skin friction and turbulence are neglected.
This type of flow can only take radiation from waves into account. The viscous part of damping is only
significant for surge and roll motions, for the other motions the dissipated waves contribute most to
damping [66]. Sarpkaya states that there are no numerical models that can be used at an industrial
level [63]. Therefore, if the accuracy of the damping coefficients is important, empirical methods should
be applied.

The restoring stiffness is defined by the stability and force balance of the vessel. This restoring
stiffness coefficient is only present for the heave, roll and pitch motions [65]. Note that this restoring
stiffness is a geometric parameter.

2.3.4. Hydrodynamic analysis method

Comparable to the non-linear normal modes, the solution methods for potential flow theory can be
distinguished in time and frequency domain methods [67]. Time domain solvers are able to handle
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transient behavior, while frequency domain methods are able to solve for periodic steady state solutions.

This research focuses primarily on the response of the vessel in regular and irregular waves. These
waves consist of a linear wave or a superposition of linear waves. Therefore, a frequency domain
description is sufficient.

Radiation - Diffraction theory

Within marine engineering, a widely used approach to define hydrodynamic loads on a floating object
is governed by radiation-diffraction theory [65, 68, 69]. Equation 2.13 shows the identified potential
consisting of the incoming ®,,,, diffraction ®,; and radiation ®,. potentials. Incoming and diffracted waves
are represented by the potential shown in equation 2.12. The diffracted wave potential represents the
diffraction of waves due to the presence of an obstacle, representing an exciting force as well.

The radiation potentials describe waves generated by a body as a result of its movement in a certain
direction. Therefore, there are six radiation potentials, one for every degree of freedom. This potential
is a function of the vessel’s acceleration and velocity and is a resultant force. This implies that it is only
present if the vessel is in motion.

O(x,y,2,t) = Py + Py + D, (2.13)

The pressures can be defined using the linearized Bernoulli equation, which leads to the forces and
moments acting on the vessel. After some mathematical derivation, equation 2.14 can be found, it
represents the equation of motion for floating vessels. The incoming and diffracted wave potential lead
to the Froude-Krilov F zx and Diffraction F, forces, defined as exciting forces. The radiation forces are
resultant forces of motion and are accounted for in the added mass A and damping matrix B.

M+ AJX + BX + Cx = Fry + Fp) (2.14)

Since the excitation force Fgx and Fp is harmonic, it is reasonable to assume that the response x is
harmonic as well. By doing this, the response amplitude operators (RAO’s) of a vessel can be defined.
The RAO’s is defined as the ratio between the motion amplitude z, and the excitation amplitude (,.

Numerical methods

Various different methods can be distinguished to solve the different forces and motions. Note that a
numerical method is required in these types of problems, due to the geometrical complexity of ships.
In general, 2 different theories are used to solve the equation of motion and the complex geometry.

At first, strip theory was proposed by Tuck and Faltinsen in 1970 [70]. Figure 2.16 shows an example
of the discretization made in strip theory. The hydrodynamic properties are defined per strip, assuming
that it is infinitely long. Due to this assumption, it is only valid for long and slender bodies [65]. Certain
3D interaction effects cannot be modeled as well, since all strips are computed independently of each
other.

Two-dimensional strip

Figure 2.16: Strip theory discretization hydrodynamic analysis [71]
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The other method widely used is the boundary element method [69]. In this method the hull is dis-
cretized in a certain number of panels, for which a no penetration boundary condition is applied. This is
a fully 3D method and an example of program which uses this type of analysis is DELFRAC or WASIM.
For heavy-lift transport, BigLift uses the frequency-domain program WASIM. Within this method, the
Greens function is used to comply with Laplace’s equation.

When both methods are compared, the conclusion can be drawn that the panel method has supe-
rior accuracy over strip theory [72]. Hsiung showed in his paper that strip theory overpredicts ship
motions in general and that inaccuracy is especially present for the pitch motion. Note that although
this observation is made, the strip theory should be kept in mind for its numerical efficiency.

2.3.5. Conclusion

This section described different models relevant for a ship’s hydrodynamic analysis. The conclusion can
be drawn that for this case, a rigid body approach is sufficient to incorporate hydrodynamic contributions,
since the stiffness of the vessel does not allow for excitation of bending modes by waves. Furthermore,
the fluid can be modeled using potential flow.



Description to-be-created model

This chapter defines the different model that will be created in this research. At first, the model shown at
the start of the literature review is shown in figure 3.1 (A). Figure 3.1 (B) shows the to-be-created models
in more detail. The hydrodynamic model defines 2 different responses for the vessel, based on a wave
load applied shown in blue. This response consists of a rigid body motion shown in red, and a bending
deflection shown in green. Both these responses are then used as input in the structural model, creating
a displacement-based excitation. The monopile is discretized using a finite element formulation, as
represented in the gray beam. At certain locations of the monopile sea-fastening elements are applied,
represented by the linear and unilateral springs. These locations correspond to node locations where
the beam is discretized. Finally, the figure shown in (C) shows the degrees of freedom considered for
every node.

Note that this model, as depicted here, only applies a one-way coupling between the ship and the
monopile. This implies that forces created in the response of the cargo, are not applied back onto the
vessel again. Note that this assumption decreases the complexity of the model, by creating 2 models
which are independent. In this manner, troubleshooting and debugging becomes more straightforward.
This comes at the cost of making an error with respect to the deflections observed for both the ship
and monopile, which becomes pronounced when the forces within the sea-fastening system become
large. This can be the result of large weights within the system, or by forces caused by the stiffness of
the cargo. This assumption should be kept in mind during the research, and furthermore, the results
presented in the report define an upper limit. Section 3.1 describes a different approach attempted at
an earlier stage in the thesis.

22
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Structural model ﬂ

Hydrodynamic model

(B) Structural model (C)

Hydrodynamic model

Figure 3.1: Sketch of the identified models (A) and further details on these in (B). The hydrodynamic model is excited by a
certain wave load with frequency w and amplitude ¢,. The response of the ship consists of a rigid body motion, shown in red
and represented by y,.;,, and a bending deflection, shown in green and represented by y,4¢. This response is then used as input
for the structural model. Right now an arbitrary sea-fastening system is used, consisting of linear springs with stiffness ; , and
unilateral springs with stiffness k. s. Note that the nodes are modeled with the degrees of freedom z and 6.

3.1. Two-way coupling approach

Initially a model where two-way coupling is applied was attempted at an earlier stage in the thesis. For
some mathematical problems, no feasible solution was found which could be applied within the time
limits of a thesis. Although no working model was obtained here, valuable insights were obtained with
respect to linear structural, non-linear structural and linear hydrodynamic modeling. Based on these
insights recommendations are provided for future research. More details on this approach are provided
in appendix E. Note that some information, verification and validation is related to multi-models, which
originated from this approach. Since in essence both approaches are based on the same theory, it is
still used to validate the one-way coupling approach.

3.2. Research strategy

Figure 3.2 shows a graphical representation of the desired model, with more detail on the flow of
analysis and input and output parameters. The orange blocks represent the input required to run the
model. Examples of parameters related to the hydrodynamic load case are the wave amplitude (, or
the wave frequency w. Parameters defined for the vessel, sea-fastening and cargo have a structural
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origin, and examples of these are length L or stiffness distribution E1(x).

The desired functionality of the hydrodynamic model is to define the response based on a hydrody-
namic loadcase and properties of the MC-class vessel. This response consists of a certain deflection
and rigid body accelerations. Both these responses are results of the hydrodynamic model, but an
input for the structural model. Therefore they are represented in green and orange.

The structural model should be able to define the response of the coupled ship-cargo system, based
on structural parameters and excitation. Examples of these results are represented in green, the bend-
ing moments, deflections and forces present in the system.

Hydrodynamic Vessel [ sea-fastening | Cargo
loadcase parameters parameters parameters

[ I 1 I

, \ Structural
ﬁ—d

|
|
|
!

I Dynamic
N _H{drf nl°d_e| __________ Yy response
4 -~ - - -"-"-"=-"=-"=-"-"-"=-""-"=-"=-"=-"=-=- === - T T N \
I [ Ship ] [sea-fastening] | Cargo I |
[ |
|
\ (Structural model) /
i Forces
Bending Deflections .
moments sea-fastening

Figure 3.2: Flow of analysis and information in the to-be-created model. The orange blocks represent input based on structural
and hydrodynamic parameters. The hydrodynamic model result should provide the structural and dynamic response of the
ship, based on the properties of the fluid and the ship. These responses are then used as excitation for the structural model.
Finally, the main results that the model should provide are shown in green.

This model is then used to give an answer to the research question and sub-questions. A brief descrip-
tion of the different cases is described here.

Dynamic case with non-linear behavior

With respect to the first, second and last sub-question, it is important to analyze a certain case in depth
where non-linear behavior is present. To do so, a loadcase should be defined where the dynamic
behavior becomes so large that the behavior shown in figure 2.4 becomes present. This figure showed
the multi-body contact problem, where detachment between the sea-fastening system and the monopile
occurs. A conclusion can be drawn with respect to this loadcase, to check the applied wave amplitude
(, and wave frequency w could be encountered here in reality. In addition, this case makes it possible to
check if modeling of unilateral constraints and the resulting non-linear behavior is performed correcitly.
Finally, a comparison can be made between a linear and non-linear approach, how this would influence
the observed structural response of the cargo and sea-fastening system.

Parametric analysis

A parametric analysis with the main structural parameters for the cargo and sea-fastening system is
of importance to give an answer to the third sub-question. By performing this analysis, the influence
of these parameters can be defined on the structural response, providing an answer on this question.
This analysis is performed in a linear and non-linear manner, to analyze how the modeling influences
the observed results. This then helps to formulate an answer on the fourth sub-question.



Hydrodynamic model

This chapter discusses the mathematical formulation of the hydrodynamic model. The main objective
of this model is to define a loadcase which is based on the hydrodynamic behavior of the vessel, and
to translate this into loads which can serve as input for the structural model.

4.1. Deflective based loads

Using in-house software of BigLift deflections for a certain wave length and wave amplitude can be
defined. In this software the deflections resulting from the hydrodynamic pressures acting on the vessel
are solved in a quasi-static manner. The deflection of the vessel consists of 2 parts, which are the static
and dynamic deflections. Figure 4.1 shows these deflections for the vessel, for a wave length of 171
meters and a wave amplitude of 1 meter. This loadcase is selected since it causes a high deflective
response of the vessel.

The static part is based on the weight distribution of the vessel. The dynamic part based on the
pressures caused by the wave. Note that this bending deflection consists of a in-phase and an out-of-
phase part in comparison to the static deflection, based on if the wave causes a hogging or sagging
deflection.

At last, the deflections are retrieved for a situation in which the monopile is included in the weight
distribution of the vessel. By doing this the error resulting from considering one-way coupling is mini-
mized.

25
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Figure 4.1: Comparison of static and dynamic deflection of vessel for a wave amplitude {, = 1m

The wave length of 171 meter corresponds to a wave frequency of 0.6 rad/s, given by the dispersion
relation as shown in equation 4.1. Note that this dispersion relation is valid in case of a deep water
wave assumption.

w? = kg
o 4.1)

/\_k

4.2. Inertial loads

Hydrodynamic data for the MC-class vessels is obtained through BigLift. In order to connect the hy-
drodynamic and structural models, an important difference between the two is identified. Figure 4.2
shows the defined degrees of freedom for a ship, considered in diffraction analysis. These degrees of
freedom are defined in X, in equation 4.2. This equation represents the equation of motion of a vessel,
modeled as a rigid body. Parameters A, B and C represent the added mass, hydrodynamic damping
and hydrostatic stiffness respectively. Parameter M represents the inertia of the vessel. The incom-
ing and diffracted wave potential lead to the Froude-Krilov Frx and diffraction F forces, defined as
exciting forces.

[M+A]X+Bx+Cx=Frg +Fp (4.2)

This implies that the results of this analysis are defined for a vessel in a global coordinate system. The
structural model is only able to define loads on a local level, indicating the accelerations need to be
specified for entire length of the vessel. Another important difference is that the structural model is
defined for a 2-dimensional situation. Therefore, only contributions and behavior relevant for surge,
heave and pitch motion are considered in this analysis.
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Figure 4.2: Definition ship motions in six degrees of freedom [65]

The response amplitude operators (RAQ’s) of a vessel can be defined using the results of the diffraction
analysis. The RAOQO’s are defined as the ratio between the motion amplitude z; , and the excitation
amplitude ¢,. Figure 4.3 shows the response amplitude operators in heave and pitch direction for a
MC-class vessel. Here the frequency of the considered loadcase is represented as the red dashed
line.
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Figure 4.3: Response amplitude operators for MC-class heavy-lift vessel

The RAO in a certain direction needs to be multiplied with the wave amplitude (, considered in the
loadcase to obtain the global displacement of the vessel. Equation 4.3 shows the relation between
the displacement and accelerations. Note that this relation is only true when considering harmonic
excitation. The accelerations of the vessel cause inertial loads to which the cargo and sea-fastening
system are subjected. These accelerations are transferred through the sea-fastening system, indicating
that the accelerations at these specific locations need to be defined. How the displacements can be
translated over the length of the vessel is shown in the second line of equation 4.3. Note that the small
angle assumption tan(6) = 6 is applied here.
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. _ 2.
Zloc = W Zloc (43)

Zloc = Zrb — Tioc * 0

4.3. Hydrodynamic load evaluation

The following analysis is made for the system with both displacement and deflection as input for the
cargo model, as shown in figure 4.4. Here the length of the cargo spans the whole ship, and the sea-
fastening system consists of three pinned supports at the beginning, middle and end of the vessel.
Further theoretical background on the structural model is presented in chapter 5.

Figure 4.4: Considered example with sea-fastening system

Figure 4.5 shows a comparison between the bending moment observed for the applied bending deflec-
tion and the forced displacement resulting from the rigid body motions. These results are observed for
a wave amplitude of 1 meter with a wave frequency of 0.6 rad/s. The figure also shows that the loads
induced by bending far exceed the loads caused by accelerations.
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Figure 4.5: Loads based on deflection and acceleration loads
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Structural model

This chapter defines the mathematical representation of the cargo and sea-fastening in a structural
model, as shown in figure 2.1. The model is created in linear and non-linear domain, to investigate any
differences between the two. At first the linear modeling is discussed, note that this has a large analogy
with the non-linear model.

5.1. Linear structural model

The fundamentals of the finite element method is used in combination with Timoshenko beam theory
to discretize the cargo into a number of elements. Beam theory can be applied for monopiles because
their length is far greater compared to their diameter. Equation 5.1 shows the finite element matrices
used in this research. Parameters E, G, I, and L. represent the Young’s modulus, shear modulus,
area moment of inertia, and element length, respectively. Parameter pA represents the weight per unit
length. At last, parameter §, represents the shear correction factor that follows from the formulation
of the Timoshenko beam equations. Please note that in this equation the total beam length is used,
denoted by L,;.;. The equations represent Euler-Bernoulli beam theory if this factor has a value of 0.
Figure 5.1 shows how the global mass and stiffness matrices can be constructed from both element
matrices.

% i 5.6 12-EI
= W "T5GA- L2,
tot
4 Jl 12E1 6EI __12EI 6EI
# — (+6) L% (140.)L2 (T+6) L% (1+0,)L2
{ gl 6ET (440.)B1 6E1 (2—6)ET
_[ i K = | #5912 (o)L,  (+e)L2  (143.)L.
- i
ﬂ«{ i 681 (2-0)BI 6Bl (440.)EI (5.1)
} (14+65)L2 (1+6.)L. (1+6,)L2 (1+6,)L.
[ 156 22L, 54  —13L.
\_ /) pAn | w1, 4 owpr s
‘420 54 13L. 156  —22L,

—13L, —3L? —22L. AL?
Figure 5.1: Construction of global matrix
from element mass and stiffness matrix

Equation of motion

The equation governing the elastodynamic calculations within a Finite Element Method (FEM) model is
expressed in equation 5.2 [73]. This equation of motion is a system of equations, due to the division of
the structure into elements. Parameters M, D and K represent the global mass, damping, and stiffness

29



5.2. Non-linear structural model 30

matrix, respectively. Note that parameter x represents the degrees of freedom in the system, equal
to the number of elements times the degrees of freedom = and 6. At last, parameter f represents the
external excitation forces in the system.

[M]% + [D]X + [K]x = f..(t) (5.2)

The response x can assumed to be harmonic, because of the harmonic nature of wave loads. The
equation can therefore be translated into frequency domain, as shown in equation 5.3. Parameter w
represents the excitation frequency of the forced displacement. The external harmonic forcing f... (¢) is
in this case equal to 0, since a forced displacement situation is considered.

T; = Tj,q - SIN(wt)

(~w?[M] +w[D] + [K]) x = 0 (53)

Responses to forced displacement load cases can be evaluated using matrix partitioning. The partition
of the equation of motion is shown in equation 5.4. Note that the matrices used in equation 5.3 are
summarized into a dynamic stiffness matrix K gy, .

Matrix partitioning

The equation of motion is divided into submatrices corresponding to the known displacement vector x°
and the unknown vector x¢. The unknown displacement vector x¢ can be solved based on the known
displacement vector x° and the known force vector f¢, as shown in the third step. Here a prerequisite
is that the forces f¢ applied on the unknown displacement degrees of freedom x© are known. The last
step shows how the unknown forces f° are obtained, required to force the displacement.

Ki = (—w?[M] +w[D] + [K])

P
f() K;)i(l Kz() x() (5-4)

x° = [K§] " [ - K§x
fo = Kgcxc . Kgoxo

The static deflections resulting from gravitational forces of the monopile and sea-fastening system are
also obtained using equation 5.3. This equation can also be solved in a static manner, resulting in
f.. = [K]x. Note that in this situation the exciting force is equal to the gravitational forces acting on the
monopile, distributed over its length. The resulting deflections can be superimposed on the dynamic
deflections to obtain the total response.

Appendix F represents the verification performed on the linear structural model. In there an analyt-
ical model is developed, and modal analysis is considered.

5.2. Non-linear structural model

The non-linear solution method is required to handle the nonlinearities introduced by the saddles, mod-
eled as unilateral springs. The fundamental equation of motion behind non-linear vibrations is shown
in equation 5.5 [51]. Please note the analogy to the equation shown in 5.3, the parameters shown
here are equal to the linear fundamental equation. The solution here is represented by q instead of
X, to highlight the difference between the linear and non-linear solution. The only difference here is
that there is a non-linear force term present, which is f,,;(q, ). This vector defines the non-linear force
for non-linear elements within the system, being dependent on the displacement q or velocity q. The
nonlinearity can also originate from the excitation term f..(¢) [47], but this is not true for the considered
case.

MJG + [D]G + [KIa + fu(, @) = fuu (1

foo(t) = fou(t +T) (5.5)
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This equation of motion can be solved numerically using various different solution techniques, for ex-
ample the shooting method, harmonic balance method and intermediate methods as identified in the
literature review. The assumption is made that the non-linear forces and responses can be represented
as summation of harmonics, as stated by the harmonic balance method. This assumption is based on
the fact that the main excitation source is harmonic and on other studies that solve for unilateral con-
straints using this method [55].

Equation 5.6 shows the equation of motion rewritten in frequency domain, with the solution rewritten
as a truncated Fourier series. Note that the periodic part has been dropped for the last equation. This
equation shows that rewriting this equation in this form results in a system of n - (2H + 1). Parameter
n represents the number of degrees of freedom present in the discretized system, for which a zero
frequency term, a sine and a cosine term is present. The sine and cosine term are present for every
harmonic, up to the harmonic H. Parameter k represents the harmonic considered in the summation.

H H
qt) = Qo+ Y Qcpcoskwt+ Y Qpsinkwt

k=1 k=1
H
=R{D Qee™'} (5.6)
k=0
H
REY ™ ([~ (kw)[M] + ikw[D] + K] Qi + For) = fok
k=0

Description of non-linear force

The nonlinear force vector fy ; is analyzed in more depth. The force deflection curve for a unilateral
linear spring is shown in figure 5.2 . The desired curve is shown in blue, and the regularized curve
in green [74]. Important to understand here is that the function shown in equation 5.6 is solved using
numerical solvers. For these solvers a smooth function, and a smooth derivative are desired. Therefore,
it is necessary to apply force regularization on the original force deflection curve, shown in blue. The
regularized curve, shown in green is smooth, as is its derivative. Note that k in this function is the
regularization parameter. This value has been set to 1000 in order to have sufficient accuracy around 5
millimeters. Later on in paragraph 6.1 an analysis is presented why an accurate saddle force deflection
curve is important.
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Figure 5.2: Force deflection curves for different saddle formulations
As stated in [51], the quality of the solution highly depends on to what extent the nonlinear force can
be described using harmonics. Three different solution strategies are identified to define the non-linear
force harmonics f, x [51]:

1. Polynomial non-linear forces: solve for closed-form expression



5.2. Non-linear structural model 32

2. For piecewise polynomial forces: determine transition times, proceed as in 1
3. Generic non-linear forces: apply Alternating Frequency-Time (AFT) scheme

Within this problem the usage of Alternating Frequency-Time is selected to be most suitable to define
the non-linear force harmonics. Due to the unilateral constraints present in the problem, it is hard to
define the transition times between different states. Figure 5.3 shows an example of the AFT procedure
applied for this case. This figure shows that the green curve is defined in time domain, based on the
deflection of the saddle shown in blue. The definition in time domain is based on a certain number of
samples N.

The green curve is then approximated by a number of harmonics using the Fourier Transform, as
shown by the red curve. Note that this red curve is an approximation, which improves with a higher
number of harmonics. Important to observe here is the slight tensile force present for the saddle, shown
for the green curve. This is due to the regularization of the force shown in figure 5.2. This figure also
shows that an appropriate number of harmonics needs to be chosen to represent the non-linear force.

Non-linear force
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Non-linear force [MN]
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—— Frequency domain force
—— Time domain force
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Figure 5.3: Example Alternating Frequency-Time procedure for saddle stiffness formulation

After some analysis, some valuable insights are obtained:

1. The number of samples in time domain N should be based on the magnitude of nonlinearity.

2. A trade-off should be made in the accuracy generated by the number of harmonics and the effi-
ciency of the model.

3. Strong nonlinearities can cause the Gibbs phenomenon to become pronounced.

Not taking these main points into account could lead to false results or convergence errors.

Definition of sea-fastening elements
Figure 5.4 shows an example of a sea-fastening system applied when transporting monopiles.

Figure 5.4: Schematic overview sea-fastening system applied at monopiles



5.2. Non-linear structural model 33

This figure shows a number of saddles applied, in combination with lasting wires at the outer ends
of the monopiles. Figure 5.5 shows a detailed version of these outer ends of the monopiles. The
implementation of these different sea-fastening elements requires some attention in detail. This figure
shows how a combination of lashing wires and saddles is modeled. Important to note here is that both
the saddle and lashing wire act in a unilateral manner, only providing reaction force in compression and
tension respectively. A combination of both can be modeled in a linear manner with spring stiffness %,.

Furthermore, since the stiffness of the saddle is much greater than that of the lashing wire, a uni-
lateral spring with the remaining stiffness & is added. At last, the lashing wire also provided some
rotational resistance around the saddle. This is modeled as a linear rotational spring with stiffness
kg. The assumption is that the lashing wire is always in tension by applying pre-tension, allowing the
rotational spring to be modeled in a linear manner. Note that for the saddle located in the middle of
the monopile only a unilateral spring with the total saddle stiffness is applied. At last, it is important to
note that within the linear model the unilateral spring stiffness k; is linearized, and added to the linear
stiffness k..

ko

Figure 5.5: Detailed version of monopile aft end with implementation of spring stiffnesses

At last, attention should be paid to the fact that additional elements in the global stiffness and mass
matrix should be added for the sea-fastening elements. Here a separate approach exists for the linear
and non-linear model. For the linear model, all sea-fastening elements are linearized and included in
the stiffness matrix. For the non-linear model, only the linear elements are added in the stiffness matrix.
This is due to the formulation shown in 5.6, the forces resulting from non-linear elements is included
in f,; . Note that the implementation in the mass matrix is equal for both models, here the mass and
rotary inertia of the saddle are included.

Figure 5.6 shows a graphical representation in the linear stiffness matrix. The stiffness of the saddle
and the lashing is exaggerated to ensure visibility in the matrix. Rows and columns are appended at
the end of the matrix, with values connecting the sea-fastening element to the corresponding location
on the monopile. By doing this, the forced displacement can be applied on the bottom of the saddle,
ensuring that deflections of the saddles can also be evaluated.
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Figure 5.6: Implementation of sea-fastening elements in global stiffness matrix

Residual function & solver

Within the mathematical description of the model, one final step is required to be able to apply a forced
displacement situation. The formulation is shown in equation 5.7. Matrix partitioning is applied again in
combination with the definition of the dynamic stiffness matrix K;. The function is rewritten in residual
form, and this function represents the residual of all harmonics. The exciting force fox only has a
value for the zeroth harmonic k& = 0, here the gravitational forces are distributed over the length of the
monopile.

K, = [f(kw)Q[M] + (ikw)[D] + [K]] (5.7)
R = K59 + K] Q7 + fo — fox = 0

This residual function is then used in numerical solvers, in combination with an analytical Jacobian of
this function. The Jacobian ensures efficient solving of this function.

Definitions structural response

Two main results can be obtained from equation 5.7, which is the excitation force f., required to obtain
the response and the resulting harmonic displacements q. The resulting deflections can be obtained
by subtracting the rigid body displacements from the resulting displacement. From there, equation 5.8
can be applied to obtain the bending moment M,,. This bending moment is defined over the length of
the cargo =. Parameter w,, represents the displacement of the cargo in z-direction for every degree of
freedom, for which the derivative needs to be taken twice with respect to the length direction. Parameter
I represents the moment of inertia of the monopile.

My = —EI-w,, (5.8)

The bending moment can then be used to compute the resulting bending stress using equation 5.9. In
this equation parameter y is equal to the outer fiber distance.

My -y
I

Ob

(5.9)



5.2. Non-linear structural model 35

Continuation method

In conventional non-linear vibration analysis the solution method is applied together with a continuation
method. Examples of these are the Asymptotic Numerical Method (ANM) [53] and pseudo-arclength
continuation [50]. Within this considered case, no continuation method is applied, since only a single
loadcase is considered. Based on a pinned situation, an eigenfrequency of 25 rad/s can be defined for
the considered monopile. Since the excitation only has an eigenfrequency of 0.6 rad/s, the conclusion
can be drawn that this loadcase remains in a low-energy situation. Therefore, behavior related to bifur-
cations, bending and jumping is not expected.

This concludes the modeling sections present within this problem. A modeling method has been found
to transform a hydrodynamic load into displacements at the locations of the saddles. A structural model
is created in which the responses of the monopile and sea-fastening system can be evaluated using a
displacement-based load.

Verification and validation of the structural non-linear model is presented in appendix G. Note that
some verification is also performed when analyzing the results, presented in chapter 6.



Results

This chapter presents the findings based on the research carried out using the model. The results are
based on a number of different cases. The first paragraph introduces the considered case with the
related parameters defined for the cargo. Afterwards, there is continued with a static, linear dynamic,
and a non-linear dynamic analysis. The response of the system is analyzed in depth for these cases, to
better understand and verify the observed behavior. With this knowledge different parametric analyses
are performed. These analyses define the influence of certain cargo and sea-fastening parameters on
the behavior of the total system.

6.1. Implementation in case

In order to verify the modeling method a realistic case is modeled. This case is based on a project
performed by BigLift and shown in figure 6.1. In this project 4 large monopiles were transported, using
saddles and lashing wires as the sea-fastening system.

Figure 6.1: Considered example case used in this analysis

For the monopiles the parameters shown in table 6.1 are identified. The total lateral area and moment
of inertia can be obtained by multiplying the value by 4. For this particular project the deflections of the
vessel can be retrieved. At first, a static case is analyzed and linear modeling is applied.
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Table 6.1: Structural parameters example monopile

Parameter | Value | Unit
Length L 74 m
Diameter D 8 m
Thickness t 8 mm
Moment of inertia I, | 15.6 | m?
Lateral area A, | 2.00 m?2
Weight monopile  W,,, | 11.3 MN

Figure 6.2 shows a schematic overview of the sea-fastening system applied in this project. At either
end of the monopile lashing wires are present to prevent the monopile from sliding in axial direction.
The brown elements represent saddles, located at 0.2L, 0.5L and 0.8L of the length of the monopile.

L

Figure 6.2: Schematic overview sea-fastening system applied at monopiles

Table 6.2 shows the properties of the elements present in the sea-fastening system. The definition of
the stiffnesses is presented in figure 5.5. The stiffness of the saddle is evaluated using information from
a finite element analysis, which was performed in the project. Figure 6.3 shows a detailed example of
the saddles applied. This figure shows that in addition to the axial stiffness, the bending stiffness is
also important in this situation. In this report, a force of 8.6 MN was stated to lead to a deflection of 8
mm. Therefore, the stiffness of the saddle has a value of 1.1 GN/m.

Figure 6.3: Example of saddle used in sea-fastening system

The lashing stiffness is obtained using equation 6.1, and it is retrieved from OrcaFlex documentation. In
this equation parameter d represents the wire diameter and L the wire length. Parameter E represents
the Young’s modulus. The total stiffness of the lashing is obtained by multiplying the stiffness with
the number of wires applied. Information from BigLift indicates that usually a pre-tension of 1-2 mT
is applied per lashing wire. This comes down to 10 kN per wire, so for the example case the total
pretesion would be 210 kN. Note that table 6.2 shows the properties for all combined lashing wires.
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2
A:o.455-%
A (6.1)
b=

Table 6.2: Structural parameters sea-fastening system, as defined in fiugre 5.5

Parameter | Value | Unit

Saddle stiffness Ks 1.1 GN/m
Lashing stiffness Kiash | 37.5 kN /m
Linear stiffness k. 6.5 kN/m

Rotational stiffness kg 146 | MNm/rad
Lashing pre-tension T, | 210 kN

6.1.1. Static analysis

Figure 6.4 shows the results of the linear model, for a static case. This implies that only the static
deflection of the vessel is applied as a forced displacement and that gravity acting on the monopile
is taken into account. The deflection of the cargo is defined relative to its own position, indicated by
the beginning and end of the cargo having a deflection of 0. The deflection of the vessel is presented
relative to the deflection of the cargo. In addition, the difference in deflection between the two curves
represents the deflection of the saddles, at the corresponding locations.

This figure shows that the maximum deflection of the cargo has a value of 6 millimeters. The
deflection of the vessel shows the deflection that is enforced on the cargo at 0.2L, 0.5L and 0.8L of
the monopile. The figure on the right shows the forces and bending moment distribution. For the force
where no saddles are present a slight offset below 0 is observed, this is caused by the gravity acting
on the monopile.

Cargo and vessel deflection Forces and bending moment distribution
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Figure 6.4: Deflection and forces in sea-fastening system with static loadcase for linear analysis

Table 6.3 shows the resulting deflections and structural response. What draws attention here is that
the deflection of the saddle located at 0.5L is significant compared to the deflection of the monopile.
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In addition, the maximum force applied by the sea-fastening system is equal to half the weight of the
monopile. The bending of the monopile results in the middle saddle carrying more load compared
to the outer two saddles. The bending moment causes a bending stress of 12.6 MPa. Compared
to the yield stress this stress is small, but it is expected that failure occurs earlier due to buckling or
local damage around the saddle. Further research should investigate what the implications are of high
internal bending moments or high saddle forces on damage onto the monopile.

Table 6.3: Results for static loadcase

Parameter | Linear | Unit
Deflection mon. max. ucmaz | 9.9 mm
Deflection sad. max.  ugmaez | 5.7 mm
Force max Friaz 6.3 MN
Bending mom. max. My maz | 49.3 MNm
Stress max. Ob,maz 12.6 MPa

The static deflection of the monopile is evaluated to verify that this case is indeed linear. This is done by
using the beam tool of HES", which results in a monopile deflection of 12 millimeters. In this situation
the assumption is made that the monopile only rests on the middle saddle, shown in figure 6.5. The
deflection of the monopile under its own weight is larger than the deflection shown in 6.3, indicating
that contact is preserved. The figures shown in 6.5 show that the applied saddle force is equal to the
monopile weight, as expected. This case will be used as a reference case in the further analysis.

Cargo and ship deflection Forces and bending moment distribution
1
—— Deflection cargo —— Forces cargo
——- Saddle location —— Bending moment

Forces [MN]

10 A —==- Saddle location
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Position on cargo [m] Position on cargo [m]

Figure 6.5: Deflection and forces in monopile due to bending under own weight

Another conclusion that can be drawn is that the deflections are small compared to the length this
monopile overspans, this deflection of 12 millimeters is present over a length of 37.5 meters. It should
be emphasized here that the analysis now navigates to areas where the production and design tol-
erances become important. These tolerances are present in, for example, saddle height, monopile
diameter, deck height, etc. In reality, the loss of contact would be resolved by applying shim plates
with variable thickness, of which an example is shown in figure 6.6.

"https://www.heerema.com/heerema-engineering-solutions/beam-tool
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Figure 6.6: Shim plates applied to support structure at saddle

Sensitivity study

The sensitivity of the system to changes in deflections is emphasized by the following analysis. Figure
6.7 shows an analysis in which the stiffness of the saddle is assumed to be half the actual value. If
compared to the results shown in figure 6.4, a large difference in deflection, force and bending moment
distribution can be observed.
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Figure 6.7: Deflection and forces in sea-fastening system with static loadcase for too weak saddles

This is supported by the results shown in table 6.4. This table shows that for a decreased saddle
stiffness, the axial deflection of the saddle increases, but as a result, the deflection of the monopile
decreases. The opposite is true as well, as shown for a case with double saddle stiffness. The ob-
servation is made that the bending moment and force distribution get influenced by these deflections
significantly. The conclusion can be drawn that the deflections of the saddle strongly influence the
response of the monopile.
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Table 6.4: Maxima for static loadcase using different saddle stiffnesses

Parameter | Linear 1 K,4q | Linear 0.5 K,,4 | Linear 2 K .4 | Unit
Deflection monopile  u,, | 5.9 4.8 7.6 mm
Deflection saddle us | 5.7 9.5 3.4 mm
Force sea-fastening F 6.3 4.9 7.3 MN
Bending moment M, | 49.3 37.2 62.0 MNm
Bending stress op 12.6 9.5 15.9 MPa

Note that in this situation the deflections of the saddles are varied using the saddle stiffness, other
sources of a different force distribution can also be imagined. For example, local plate bending of
the cargo deck is not taken into account, but this can reach an order of magnitude of centimeters.
Futhermore, production tolerances related to the saddles also influence these results.

These examples highlight the sensitivity of the system with respect to the forced deflection of the
ship, the axial deflection of the saddles and the resulting bending deflection of the monopile. All three
parameters have an influence on the observed force en bending moment distribution.

At last, this emphasizes as well to model the saddle stiffness properly. Figure 6.8 shows the initial
implemented force deflection curve in red compared to the linear force deflection curve in blue and
the regularized function in green. The assumption for the red curve originated at the beginning of
this research, when there was no knowledge of the influence of deflection on the bending moments
experienced within the cargo. Note that although not being interested in the axial deflection of the
saddle, it is crucial to model it correctly within this problem.
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Figure 6.8: Force deflection curves for different stiffness formulations

6.1.2. Dynamic analysis with linear behavior

Within the dynamic analysis, first a linear dynamic situation is evaluated. This case is used to verify
the non-linear modeling method. Table 6.5 shows the loadcase related parameters. For this particular
wave length the dynamic deflections of the vessel are taken into account as well.

Table 6.5: Parameters used in hydrodynamic loadcase

Parameter | Value | Unit
Wave frequency w 0.6 rad/s
Wave length Ly, | 171 m
Wave amplitude (, 1 m

Figure 6.9 shows the results for the linear dynamic loadcase. Now an oscillatory force is present;
therefore, the timestep within the oscillation is shown on the y-axis. These figures show the influence
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of the dynamic load on the forces observed in the sea-fastening system. Throughout the whole period,
the forces remain positive, indicating that contact between the saddles and the monopile is preserved.

Linear deflection Linear forces

OFNWMNU O U e
Deflection [mm]

Figure 6.9: Deflection and forces in monopile over time

Figure 6.10 shows the results observed for the same loadcase, but analyzed using the non-linear model.
These figures good accordance with the results for the linear model.
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Force [MN]



6.1. Implementation in case

43

Non-linear deflection

©OS P N W s~ U, o < o
Deflection [mm]

Non-linear forces

Figure 6.10: Deflection and forces in monopile over time analysed using the non-linear model

Table 6.6 shows a comparison between the linear and the non-linear results. This table shows good
accordance between the linear and the non-linear model. Slight differences are present due to the

force deflection formulation for the non-linear model.

Table 6.6: Maxima for linear dynamic loadcase using different saddle stiffnesses

Parameter | Linear | Non-linear | Unit
Deflection monopile . 8.5 8.6 mm
Deflection saddle Ug 7.6 7.7 mm
Detachment Ug - 0 mm
Force sea-fastening F,; | 8.1 8.2 MN
Bending moment M, | 70.5 71.6 MNm
Bending stress Op 18.1 18.3 MPa

Another comparison is made in figure 6.11. The percentual difference figure for the deflection of the
monopile shows a limited error, staying below 2 percent. This error originates from the saddle force
deflection formulation, causing the error shown in the right figure. Note that this error only becomes
pronounced for small forces, in the region where small deflections are present. This indicates that the
effect on the structural response is limited, because of the force being small where the error becomes

pronounced.

At last, the shape of the deflection error can be explained again by the deflections of the saddles.

Figures 6.9 and 6.10 show that where the error in deflection is smallest, corresponds with the location
where the forces of all three saddles is pronounced. This indicates that the deflections of the saddles

are also significant.

Ol—'Nmbmm\‘m

Force [MN]
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Percentual difference deflection Percentual difference forces
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Figure 6.11: Percentual difference between deflections and forces using linear and non-linear analysis

6.1.3. Dynamic analysis with non-linear behavior

For this analysis, a load amplitude is chosen where nonlinearities, or loss of contact, occurs at one of the
saddles. Therefore, the wave amplitude is increased to 3 meters, while keeping the other parameters
shown in table 6.5 the same. This analysis starts with analyzing the forces and deflections in the sea-
fastening system. The figures shown in figure 6.12 show these forces for the linear and non-linear
analysis, for which a difference starts to originate. The figure on the left shows the linear analysis,
where a negative normal force is observed for the saddles located at 0.2 and 0.8L of the monopile at
the beginning of the oscillation. This implies that over there contact would be lost with the saddle.

For the non-linear analysis a different force distribution within the sea-fastening system is observed.
Here a positive normal forces are observed for the saddles located at 0.2L and 0.5L, but a normal force
of zero is observed for the saddle located at 0.8 of the monopile. Because this saddle is not able to
apply a negative force on the monopile, it results in the situation where it rotates and rests on the first
two saddles.

Furthermore, these figures also show that a lower force is observed for the non-linear analysis. This
confirms that modeling this particular case in a linear manner would indeed overconstrain the problem
and justifies a non-linear approach.

Error [%]
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Linear forces Non-linear forces
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Figure 6.12: Forces in sea-fastening system for linear and non-linear analysis

Table 6.7 shows a summary of the results for the non-linear dynamic analysis. The results show that for
the non-linear dynamic case a linear approach leads to a 20 percent increase in the observed maximum
bending moment in the cargo. The observed detachment however is relatively small compared to the
dimensions of the saddles. Therefore, it is assumed that the effect of this detachment is limited with
respect to impact dynamics. The effect of this loss of contact could have a large effect on the friction
constraint of the monopile. It is not clear whether this loss of contact area is compensated for by the
increase in normal force in the other saddles.

Table 6.7: Maxima for dynamic loadcase using different models

Parameter | Linear | Non -Linear | Unit
Deflection monopile  u,, | 13.4 1.4 mm
Deflection saddle Ug 1.5 9.9 mm
Detachment ug | - 8.4 mm
Force F 12.4 10.6 MN
Bending moment M, | 115.6 97.4 MNm
Bending stress o, | 29.6 25.0 MPa

Figure 6.13 shows a comparison between the linear and non-linear defined deflection and forces. In
this situation the choice is made to plot the absolute difference, because for some areas of the solution

the deflection and forces are close to 0. This creates artificial peaks in the percentual difference graphs.

Both the deflection and the force graph show that the difference becomes pronounced for the areas
where the linear solution overconstrains the problem, at the beginning and end of the period. In the
area where contact between the cargo and saddles is preserved, the absolute difference is observed
to drop to a low level. An oscillation of a small magnitude is visible there, caused by the non-linear
force and deflection formulation using harmonics.

Force [MN]
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Figure 6.13: Absolute difference between deflections and forces using linear and non-linear analysis

Analysis negative non-linear forces

When analyzing figure 6.12 in more detail, it can be observed that just after the beginning and before
the end of the oscillation a slight increase of the normal force of the middle saddle is observed. After
analysis it became clear that this is caused by the formulation of the spring stiffness. Figure 6.14
illustrates this problem, here the deflections, time and frequency domain force of the saddle located at
0.8 L of the monopile is shown. Due to the regularization of the spring force, it is still allowed to have a
tensile normal force for a small negative deflection. Note that to obtain this result a summation of five
harmonics was required.

Non-linear force

Non-linear force [MN]
w
Deflection [mm]

—— Frequency domain force
—— Time domain force
—— Deflection

0.0 0.2 0.4 0.6 0.8 1.0
Period fraction [-]

Figure 6.14: Forces and deflection observed at saddle located at 0.8 L of monopile
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Note that due to this tensile normal force observed the maximum force and bending moment for the
non-linear analysis shown in table 6.7 are overestimated. The same conclusion can be drawn based

on only a one-way coupling being considered in the model.

Analysis detachment

With the behavior observed in the force distribution of the sea-fastening system the deflections ob-
served in the system can be analyzed. Figures 6.15 show the dynamic deflections of the cargo, for the
linear and non-linear analysis. The linear analysis shows the negative deflection at the front and aft
saddles, leading to the observed tensile normal force. The non-linear deflection shows the magnitude

of detachment for the saddle located at 0.8 of the monopile.

Linear deflection saddle Non-linear deflection saddle

Deflection [mm]

Figure 6.15: Deflection of saddles in sea-fastening system for linear and non-linear analysis

The situation regarding the disconnection is analyzed more thoroughly at the time instance ¢ = 0, so at
the beginning of the oscillation. This is because the magnitude of the disconnection directly becomes
pronounced, being almost equal to the saddle deflection. Figure 6.16 shows the deflection of the vessel
and cargo at time instance ¢t = 0. These figures show that in the linear system the contact at the saddle
located at 0.8L is preserved by rotation and additional bending of the cargo. The rotation of the beam
in particular causes the magnitude of detachment observed for the non-linear model, as shown in the

right figure for the most right saddle.
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Figure 6.16: Deflection of ship and cargo for the linear and non-linear analysis at time instance ¢t = 0

The main conclusions drawn from the analysis up to now are summarized as follows:

» The hydrodynamic model showed that the loads caused by the deflection of the vessel exceed
the loads caused by accelerations.

» The static analysis shows that the deflections are small in comparison to the dimensions of the
cargo and saddles.

» The static analysis also shows that slight changes in forced deflection can lead to a large differ-
ence in force distribution.

» The non-linear dynamic analysis shows that for dynamic situations with large deflections nonlin-
earities indeed occur and that a linear approach leads to an overconstrained situation.

6.2. Parametric analysis sea-fastening system

In order to better understand the response of the cargo and the distribution of forces within the sea-
fastening system, some different cases will be investigated. The influence of the sea-fastening system
is first analyzed. Within this analysis, the cargo is kept constant, being equal to the monopile considered
in paragraph 6.1. A certain sea-fastening system is selected based on this analysis, which is used
after in a further investigation. Within this analysis the dimensions of the cargo are varied, with the
sea-fastening system being kept constant.

6.2.1. Parametric analysis saddles

Table 6.8 shows the different cases considered with the variations applied on the sea-fastening system.
At first, the number of saddles and saddle stiffness is varied over a certain range. During this analysis
the loadcase and lashing properties are kept constant.

Table 6.8: Loadcases considered

Parameter | Min. value | Max. value | Unit
Number of saddles N°sad | 2 7 -
Saddle stiffness Esaud 10211 1011 GNm

Within this analysis the saddles are placed using equidistant spacing over the length of the monopile.
An example of this is shown in figure 6.17 for 3 saddles.
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Figure 6.17: Schematic overview sea-fastening system with equidistant saddle configuration

Figure 6.18 shows the results of the analysis for the forces in the sea-fastening system and bending
moment in the cargo. The brown area shown in the plot shows the region of saddles and saddle stiffness
where contact for all saddles is preserved, indicating that linear theory can still be applied. Note that
for 2 saddles no detachment is present for any stiffness, indicating that this situation can be described
by linear theory. This is in accordance with the expected behavior.

These figures show that for an increasing saddle stiffness the forces in the sea-fastening system
and bending moment in the cargo increases. For 5 saddles in combination with the highest saddle
stiffness, some strange behavior is observed. This case shows a normal force of 14 MN compared to
12.8 MN, found for the linear model. This situation is analyzed further in depth in appendix |. The main
conclusion here is that the error made by the regularization, as shown in figure 6.14, is amplified by
increasing the spring stiffness. This increases the tensile force applied by the saddle, resulting in this
increased normal force.

Another observation are the peaks in maximum normal force and maximum bending moment for
an odd number of saddles. This is a result of the equidistant saddle definition. For an odd number of
saddles there will be one located at 0.5L of the monopile, resulting in it carrying the largest load.

At last, another trend is shown that for an increasing number of saddles the non-linear behavior
starts to occur at an earlier stiffness. This is in accordance with the expected behavior, since the
monopile overspans a shorter length between the saddles. Therefore, the deflections of the monopile
under its own weight start to become small, indicating that loss of contact occurs earlier.
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Figure 6.18: Influence of number of saddles and saddle stiffness on maximum force in sea-fastening system and maximum
bending moment in cargo using non-linear model. Brown area indicates domain where contact is preserved and linear theory
applies.

From a structural integrity and fatigue damage point of view it is desired to have a large number of
saddles in combination with a low saddle stiffness. The weight of the monopile can be spread by a
large number of saddles, leading to lower forces. Low saddle stiffness is desired to compensate for
the bending deflections of the vessel, to ensure that a limited amount is transferred to the cargo. This
has a significant effect on the loads in the cargo, which is in accordance with the analysis performed in
section 4.3. This analysis showed that the loads experienced by the cargo are dominated by bending
induced loads of the vessel in comparison to inertial loads resulting from accelerations.

Lower structural response case

Figure 6.19 shows a comparison between force distribution for the base case and a situation where 4
saddles are applied, at 10 percent of the stiffness of the original saddles. Note that in the situation with
4 saddles contact between the monopile and saddles is preserved, which implies that linear modeling
can be applied. The results related to the force distribution and other results are summarized in table
6.9. Based on the figures and table two main conclusions can be drawn. At first, the maximum force
in the sea-fastening system drops by almost 70%, from 10.6 to 3.3 MN. This decrease in force comes
at the cost of an increased deflection, which increases approximately by 300 %.

Table 6.9: Comparison of maxima for example case to case with 4 saddles and 10 % saddle stiffness

Parameter | 3 Saddles - 1 k.., | 4 Saddles - 0.1 k.4 | Unit
Deflection monopile  u,,, | 11.4 6.0 mm
Deflection saddle us | 9.9 32.6 mm
Detachment ug | 8.4 0 mm
Force F 10.6 3.3 MN
Bending moment M, | 97.4 37.7 MNm
Bending stress oy | 25.0 9.6 MPa
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Figure 6.19: Comparison of forces for example case using 3 saddles with 100 % saddle stiffness to situation using 4 saddles in
combination with 10 % saddle stiffness

Limit case

One final case which has been investigated is the limit case, so where 7 saddles are used in combination
with 0.006 stiffness factor. The results are shown in figure 6.20. This figure shows that, for this case,
almost no bending is present anymore for the monopile. The forces in the system are more defined by
the inertial forces, instead of the forced bending deflections. Appendix J shows additional results for
this case. Using this saddle stiffness the axial deflections of the saddles navigate into the same order

of magnitude as the bending deflections of the vessel.

Force [MN]
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Linear deflection
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Figure 6.20: Behavior of system for 7 saddles in combination with a 0.006 stiffness factor

Appendix H shows additional results for this parametric analysis. Here the difference between a linear
and a non-linear approach becomes visible for the situation where detachment occurs, and it shows
that this difference becomes significant. Figure 6.18 shows that for the considered domain there exists
a maximum around a force of 14 MN and a bending moment of 120 MNm. For the linear analysis this

force increases to 25 MN, and the bending moment to 250 MNm.

Based on the saddle parametric analysis the following can be concluded:

* In general, a large number of saddles leads to better force distribution within the sea-fastening.
» Fora constant saddle stiffness a larger number of saddles can lead to detachment of the monopile

at certain locations in the sea-fastening system.
» Alower saddle stiffness leads to bending loads from the vessel being compensated by the deflec-

tion of the saddle. This results in lower loads experienced by the cargo.

6.2.2. Parametric analysis lashing

Another parametric study is performed to investigate the influence of lashing on the dynamic behavior
of the cargo. To do this, the number of saddles and the stiffness of the saddles are kept constant,
equal to the sea-fastening system presented in section 6.1. Table 6.10 shows the range for which the

parametric study is performed.

Table 6.10: Loadcases considered

| Min. value | Max. value | Unit

Parameter
Lashing stiffness kiasn | 1e4 1e7 N/m
Pre-tension applied Tj.s, | 1€4 1e8 N

Figure 6.21 shows the non-linear maximum force and the bending moment for the parametric analysis
considered. Note that based on visibility considerations the x- and y-axis for the non-linear force plot are
flipped. Both figures show that for a large part of the domain the lashing stiffness and pre-tension does
not influence the forces and bending moment in a significant manner. The domain spans approximately

Deflection [mm]
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10% to 10% N and N/m. This behavior can be explained by the resulting lashing forces being small in
comparison to the normal forces present in the system.

In addition, the figure also shows that for larger stiffness and pretension values the monopile be-
comes more constrained, leading to smaller saddle forces and a larger maximum bending moment. It
seems counterintuitive that the maximum normal force decreases, but this is caused by the bending
induced by the lashing wires. This causes the monopile to bend to such an extent that the contact
with the first and last saddle is restored again. Further details and an example case are presented in

appendix L.

The non-linear normal force plot shows a slight increase for higher stiffness and pretension values.
After investigation it became clear that this is caused by the spring formulation for the saddles, here a
small negative deflection is present leading to a small tensile force. This causes the normal force in
the middle saddle to increase by 5 percent, which is visible in the force plot.

Finally, it should be emphasized that it is unlikely that the domain of stiffness and pretension around
107 and 108 will be reached in reality. This would indicate a lashing stiffness that is 300 times higher and
a pretension that is 500 times higher than applied in this project. Still, it is useful to see what happens
when the limits of pretension and stiffness are reached and what type of behavior could be expected

there.
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Figure 6.21: Influence of applied lashing stiffness and pretension on maximum force in sea-fastening system and maximum
bending moment in cargo based on non-linear model. The brown area indicates again where contact is preserved and linear
theory applies.

Appendix K shows additional results for this parametric analysis. These results highlights the difference
between the linear and the non-linear results.

To summarize the following conclusion can be drawn from the lashing parametric analysis:

+ Lashing stiffness and pretension does not have a significant influence on results, because of its
resulting forces being small in comparison with other forces in the system.
» Extremely high stiffness and pretension values lead to a large amount of loads transferred to the

cargo.
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6.2.3. Parametric analysis cargo

At last, a parametric study is performed with respect to the dimensions of the cargo. In this analysis,
the sea-fastening system is kept the same as presented in paragraph 6.1. The cargo considered in
paragraph 6.1 is used as a starting point, and length and diameter is increased from there as shown
in table 6.11. The length of the cargo is limited by the length of the cargo deck, while the maximum
diameter of the cargo is chosen to be around the current maximum. Monopile producer Sif states that
their maximum has a value of 11.5 meters.

For this analysis a diameter thickness ratio of 1/110 is chosen. The monopile considered in para-
graph 6.1 has a ratio of 1/100, while classification societies limit this value to 1/120 2. For simplicity
of the analysis the lashing parameters are kept the same. The prior analysis showed that its effect is
limited on the response of the monopile.

Table 6.11: Cargo’s considered in parametric analysis

Parameter | Min. value | Max. value | Unit
Cargo length L. |75 [ 115 [ m
Cargo diameter D, | 8 | 12 | m

Figures 6.22 show the maximum force in the sea-fastening system and the maximum bending stress
present in the cargo. Within this analysis, the bending stress is a better parameter to compare different
cases instead of the maximum bending moment, due to the increase of inertia by an increasing diameter.
Note that the axis with the diameter of the monopile is flipped for the bending stress figure, because of
visibility reasons.

The figure shows that both force and stress increase with increasing monopile length. This behavior
is expected since the weight of the monopile is larger. For the bending stress this was expected as well,
because of the increased distance between saddles. For an increase in diameter, different behavior is
identified for the forces and stress. The increase in force is again due to the increase in weight of the
monopile. But an increase in diameter leads to a decrease in stress, because the increase in inertia
exceeds the increase in weight.

At last, the increase in weight for a combination of a large length and a large diameter leads to the
deflection of the monopile becoming large. Therefore, it is observed that, for this part, linear theory is
again valid, because of the deflections of the monopile becoming so large that contact is preserved.

2https://www.empireengineering.co.uk/how-far-can-we-push-d-t-ratios/
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Figure 6.22: Influence of length and diameter of cargo on the forces observed in the sea-fastening system and the bending
stress in the cargo. The brown area indicates again where contact is preserved and linear theory applies.

The main conclusions that can be drawn here is that the forces in the sea-fastening system grow
according to the weight of the monopile, caused by increase in length or diameter. The stresses in the
cargo increase proportionally to the distance between the saddles, but decrease with an increase in
the cargo’s diameter.

Further results corresponding to this analysis are shown in appendix M. These plots show the area
where the detachment is largest and the area where the difference between the linear and non-linear

results is most pronounced.

Case analysis
Based on these conclusions, two additional cases are identified to further analyze in detail. For these

2 cases the parametric saddle analysis is performed again, in order to evaluate to what extent the
behavior identified there still holds for longer and more stiff cargo. The selected cases are the situation

that leads to the highest force and stress, shown in table 6.12.

Table 6.12: Monopile cases selected to perform parametric saddle analysis

Parameter | Case 1 | Case 2 | Unit
Monopile length L. | 115 115 m
Monopile diameter D, | 8 12 m

In addition, some constraints are posed. For example, the vessel operator could set an upper limit for
the maximum force transferred by the saddles. This could be based on deck strength considerations.
The requirement could also originate from a maximum local force which can be applied at the monopile.
This requirement is influenced by the trend of lower diameter-to-thickness ratios observed for monopiles.
Another example of an upper limit could be related to the bending stress in the cargo. The origin of this
requirement can be related to fatigue damage to the monopile resulting from transport.

Table 6.13 shows the maximum values identified for the forces in the sea-fastening system together
with the maximum bending stress in the monopile. The maximum normal force is based on the example
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project considered. Here in the analysis a maximum around 7 MN was identified. This analysis should
define if these maxima can be attained for longer and larger monopiles.
Furthermore, the maximum bending stress is set to approximately 10 percent of the yield stress, for

mild steel.

Table 6.13: Upper limits for structural response parameters

Parameter | Value | Unit
Saddle force max. Friue 7 MN
Bending stress max.  op mar | 20 MPa

Figure 6.23 shows the results for a diameter of meters, with a length of 115 meters. If compared to
figures 6.18 a similar trend is visible, being that the structural response decreases for an increased
number of saddles in combination with a decrease in saddle stiffness.

In addition, this figure shows that it is possible to use many different saddle configurations to comply
with the above mentioned upper limits. Note that the number of configurations in this situation is limited
by the bending stress. This implies that more cases can be identified where the forces in the sea-
fastening system stay below 7 MN, but there the bending stress becomes larger than 20 MPa. Based
on this information an optimum configuration can be selected, related to material or production costs

or other factors.

Non-linear force Non-linear bending stress

—— Linear regime
Conforming cases

[ 16
- 14
- 12
- 10

Force [MN]

Figure 6.23: Influence of number of saddles and saddle stiffness on maximum force in sea-fastening system and maximum
bending moment in monopile with a diameter of 8 meter using non-linear model. The brown area indicates domain where
contact is preserved and linear theory applies. The yellow dots represent the cases where both the forces in sea-fastening

system and bending stress in the monopile stays below the limits defined in table 6.13.

Figure 6.24 shows the same results, but then for a monopile diameter of 12 meters. Here the same
behavior is observed, but a lower variety in configurations can be selected. This indicates that to comply
with the force upper limit, more saddles are required to carry the weight. The higher normal force is
caused by the increase in weight of the monopile. The bending stress figure shows that cases are not
limited by the imposed bending stress criterion, caused by the increased inertia of the monopile.
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Figure 6.24: Influence of number of saddles and saddle stiffness on maximum force in sea-fastening system and maximum
bending moment in monopile with a diameter of 12 meter using non-linear model. The brown area indicates the domain where
contact is preserved and linear theory applies. The yellow dots represent the cases where both the forces in sea-fastening
system and bending stress in the monopile stays below the limits defined in table 6.13.

Note that the analysis performed here is intended to identify and highlight behavior related to the sea-
fastening system. Further research should identify cargo cases, hydrodynamic loadcases and struc-
tural response criteria, which would be worth investigating. The main conclusions that can be drawn
from the cargo parametric analysis are summarized as follows:

* Increasing cargo length and diameter showed that the same behavior can be observed for longer
and more stiff cargo as in the saddle analysis.

» The model is able to identify sea-fastening arrangements for which the structural response com-
plies to certain upper limits.

6.3. Informed sea-fastening design

This section presents a brief description of how the observed behavior in the static, dynamic, and para-
metric analysis can help design sea-fastening arrangements. For this sea-fastening design procedure
maximum saddle force and maximum bending stress are chosen to be the design limitations. Figure
6.25 shows a flow chart which should aid in decision making when designing sea-fastening arrange-
ments.

This figure shows that if the bending stress constraint is not met, at first an attempt should be made
by creating a more equidistant saddle spacing. If the limits are reached here, the saddle stiffness should
be lowered. This has to be done iteratively until the limit, to identify if a solution exists here. In case no
solution exists and the limit of the saddle stiffness is reached, an extra saddle should be added. This
iteration should be performed until a solution is found. Note that in case when boundary conditions are
posed to strict no solution may exist.
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Figure 6.25: Example of workflow that could be applied when designing sea-fastening arrangements. A structural response

analysis should define whether the system complies with a maximum bending moment and force. In case the maximum

bending moment does not comply, the saddle positions could be changed to a more equidistant spacing. If this is not sufficient
to meet the posed boundary condition, the saddle stiffness should be lowered. When both the limits of the equidistant saddle
spacing and saddle stiffness are reached, a saddle should be added. This iteration should be performed until both constraints

are satisfied.



Conclusion and Recommendations

The main findings, conclusions, and recommendations are presented in this chapter. At first, a concise
answer is presented on the sub-questions and the research question. After that, some recommenda-
tions are presented for future work related to improving the modeling and related to better understanding
related behavior.

7.1. Conclusions related to sub-questions

At first, an answer is presented for every sub-question, leading to the formulation of an answer to the
main research question. The answers to the sub-questions are as follows:

1. In what manner can the interactions between the vessel and cargo be modeled using non-linear
constraints imposed by the sea-fastening system?

The static analysis showed that the structural response in the ship-cargo system is highly influenced
by the axial deflection of the saddles. This indicates that the quality of the results is defined by the
accuracy of modeling a correct force corresponding to a correct deflection. Different force-deflection
formulations showed that a regularization approach gives the most accurate results in combination with
good convergence behavior.

2. How does the bending of the cargo contribute to additional loads experienced in the ship and sea-
fastening system?

The system is sensitive to the bending deflection of the ship, the axial deflection of the saddles and
bending deflection of the monopile under its own weight. Important to note here is that the loads become
pronounced when the bending deflection of the vessel is greater compared to the bending deflection
of the cargo under its own weight. This results in large forces in the sea-fastening system, which are
transferred to the ship. For the example case a limit of approximately the own weight of the monopile
can be identified. The inertial contribution due to accelerations was small.

3. What is the influence of sea-fastening on the structural dynamic response of the cargo and sea-
fastening and how can connection be ensured?

The parametric analysis showed that the most influential parameters are the saddles in combination
with their stiffness. This in assumption that the combination of the stiffness and weight of the cargo
cause it to have very small deflections. These paramaters define the magnitude of the bending mo-
ment in the cargo, the magnitude of the forces in the sea-fastening system and whether detachment
occurs. However, Lashing stiffness and pre-tension do not influence the observed structural dynamic
response, given that these stay within reasonable orders of magnitude of properties currently being
applied. At last, varying these properties in an informed manner showed that certain design criteria
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can be met for longer and more stiff cargo.

4. To what extent does non-linear modeling influence the observed response compared to a linear
approach?

The dynamic analysis showed that for three saddles loss of contact occurs and that a linear approach
overconstrains the model, leading to larger forces and bending moments. The parametric analysis
showed that for a large number of sea-fastening arrangements detachment occurs, requiring a non-
linear modeling approach. Note that non-linear behavior is reached earlier for a combination of a larger
number of saddles with larger saddle stiffness leads. It should be emphasized that this behavior is
greatly dependent on the bending properties of the vessel, the bending properties of the cargo and the
applied hydrodynamic loadcase. This indicates that this behavior should be evaluated independently
for every case.

"How does the interaction between a vessel and large, stiff cargo affect the structural dynamic be-
havior, considering the influence of non-linear constraints posed by sea-fastening?”

The structural dynamic behavior of the cargo and sea-fastening system is significantly influenced by
the interactions between the ship and the cargo, as well as by the influence of the constraints posed by
the sea-fastening system. The structural dynamic response is defined by the interaction of the bending
deflection of the ship, the axial deflection of the saddles and bending deflection of the monopile.

This research quantifies the sensitivities of certain parameters in the sea-fastening system with
respect to deflections, forces, bending moments and stresses. Differences in results for a linear or a
non-linear approach are analyzed in depth.

7.2. Recommendations for future work

This section presents recommendations for future research. These recommendations are divided into
recommendations to be used in continuation and for improvement of this research. At first, some rec-
ommendations are presented that are relevant when continuing with the conclusions of this research.

Continuation on conclusions

At first, an important next step could be investigating the influence of frictional constraints. This study
showed that the normal force of saddles can vary significantly in dynamic situations, with even loss of
contact occuring between the saddle and cargo. It would be valuable to better understand this behavior
by extending the model with the axial direction of the cargo, and by implementing friction constraints
present at the saddles. Understanding of structural dynamic response of the system would help identify
critical situations and aid in sea-fastening arrangement design.

Furthermore, applied research should investigate the possibilities of how saddle stiffness can be
decreased, while maintaining structural integrity and fatigue lifetime. This research should include how
this can be achieved by only changing the stiffness in height direction, while the properties in port-
starboard direction stay the same.

At last, by lowering the saddle stiffness caution should be paid to the sub-system is created where
the monopile acts as a rigid body attached to multiple springs. This system can be defined as a mass-
spring-damper system, where the monopile acts as the mass and the sea-fastening elements as the
springs. The expectation is that by lowering the saddle stiffness too much the possibility exists that the
eigenfrequency of the mass-spring-damper system can be excited.

Improvement of modeling

The accuracy of the results would be increased if a two-way coupling between the ship and cargo is
applied. This implies that the forces created by exciting the cargo are applied again on the vessel at
the location of the saddles. Note that the modeling method of the vessel should be non-linear as well,
since the resulting forces of the cargo model are non-linear. These forces cause vessel deflections,
lowering the load applied to the cargo. This would enable one to study the influence of large and stiff
cargo on the structural dynamic response of the vessel, and the influence on the eigenfrequencies.
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In addition, another part that would increase the accuracy of the model is modeling the bending
deflection of the cargo deck. Knowledge from practice from BigLift states that the bending deflection
of the cargo deck can be of the order of magnitude of centimeters. With the sensitivity of the dynamic
response on based on deflection this could influence the observed results.

An investigation should be conducted to determine whether the regularization of the saddle force
deflection curve can be performed in a more accurate manner. This research shows that, for some
situations, the error can become pronounced, especially if saddles with a larger stiffness are used. An
alternative approach could also be to change the solution method. The literature review showed that
a mixed shooting-harmonic balance method could improve accuracy of the cargo-saddle interactions,
by being able to model a non-smooth force deflection curve.

At last, improvements on the redundancy of the model could help in analyzing more complex situ-
ation. Now the model has trouble converging for some highly non-linear situation. A different solution
method or better mathematical formulation could improve redundancy, enabling for more extensive
research.
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Figure A.1: Example energy dependance non linear normal modes [75]
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Figure B.1: Example of internal resonance in non linear normal mode systems [41]



Shooting procedure example
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Ty (R=0)

Residual evaluation

Time integration:

=

70

Next NNM motion
on the branch

Figure C.1: Non-linear Normal Mode numerical procedure. As a starting point the Linear Normal Mode (LNM) solution zpg, (1)
with corresponding period T1)is solved in the first step. Next up, the residual is evaluated, which is then checked for
convergence. If not, the Newton-Raphson method is used to correct the initial guess for zp0 and 7. This step is repeated until
convergence. After that, the next non-linear normal mode is defined using the last defined z,0 and 7). [50]



Algorithm mixed shooting-harmonic
balance method
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Figure D.1: Algorithm mixed shooting-harmonic balance method [52]
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Additional research related to
two-way coupling

This appendix provides additional research which is performed in relation to the initial two-way coupled
model. Figure E.1 shows a simplified graphical representation of the initial approach of the model.
Figure E.1a shows that now both the ship and the cargo are discretized using the finite element method.
The excitation is provided by the wave pressures, depending on the position on the vessel and time,
and is represented by p(z, t).

(a) Distinguished models and interfaces. The stiffness is modeled as a spring as shown on the left, the damping factors as a
damper which is shown in the middle and a rigid connection is shown on the right. These elements emphasize the variability in
elements required to model a sea-fastening system.
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(b) Discretization of ship-cargo-fluid system using the finite element method. The boundary conditions between the ship and the
cargo are the same as defined in figure 2.1.

Figure E.1: The figure shown in (a) shows identified models and interfaces, while the figure shown in (b) shows the created
model based on these models and interfaces.
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The main part which changes in this approach is the fundamental finite element equation used to define
the structrural and dynamic response of the system, as shown in equation E.1. The hydrodynamic
contributions, being the added mass matrix A, hydrodynamic damping B and hydrostatic stiffness C,
are added to the defined structural matrices M, D and K. the hydrostatic stiffness and hydrodynamic
damping are represented by springs and dampers in figure E.1b, note that these are only applied on
the discretized elements for the vessel. A frequency domain formulation is again used, based on a
harmonic response assumption. At last, the system is excited by a wave force F,,.

—iwt

X=U-e€

(~w*M+A]+iw[D+B]+[K+C)u=F, (E1)

These figures and this equation summarize the approach to obtain a model where two-way coupling
between the ship and cargo, taking hydrodynamic contributions into account. This appendix describes
the approach based on the following. At first, paragraph E.1 describes some additional literature re-
lated to connecting the hydrodynamic contributions to the structural model. After that, paragraph E.2
presents the identified implementation method based on the literature. This then concludes the addi-
tional information required to model the two way coupling, so paragraph E.3 continues on this for a
case which is attempted to be modeled. Finally, paragraph E.4 discusses the difficulties encountered
when modeling the problem, and provides some identified problems. Note that no theory related to the
structural model is presented here, this is all governed in chapter 5.

E.1. Additional literature two-way coupling

In literature, some examples can be found how the hydrodynamic properties can be coupled to the
structural model. In [76] a submerged cable is discretized using a lumped mass model, which is val-
idated in this study. Here, the hydrodynamic properties are linked to the nodes. The added mass is
added at the node locations, while damping is modeled as drag force, given by Morison’s equation.

Furthermore, in different discrete hydro-elastic analysis, the hydrodynamic properties are distributed
over nodes as well [6, 77, 78]. The added mass is added to the nodal mass, and the hydrodynamic
damping is defined per segment, and applied per node as well. Furthermore, Wei et al. mention in their
paper that the hydrodynamic damping is significantly larger than the structural damping [77]. More re-
search should be performed to determine whether this is the case for the considered problem. Figure
E.2 shows the wave force components acting on a certain node.
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Figure E.2: Hydrodynamic forces acting on nodes in discretized model [77]
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In this study equation 2.14 is transferred into frequency-domain, as shown in equation E.2. In this
equation parameter w is defined as the excitation frequency by the waves. The assumption is made
that if the excitation force is harmonic, the response will be harmonic as well.

—iwt

X=U-e

(E.2)
(—w?M+A]+iwB+D]+[C+K])u=F,

Note that the implementation of the wave excitation force Fy defines a hydro-elastic formulation or
not. In case of hydrodynamic two-way coupling, this excitation force is a function of the structural
displacement. When considering a one-way coupling, this displacement is neglected. From a numerical
efficiency point of view this simplification is preferred, since it results in fewer complicated calculations
[79]. In figure E.3 a figure is shown that represents the different models and discretizations applied.
Note that to solve for the hydrodynamic part, so for the hydrodynamic forces only a one-way coupling
between the fluid and structural model is assumed. After applying the hydrodynamic properties onto
the finite element formulation of the ship, there will be a two-way coupling present in the structural part
of the model, between the cargo and the vessel.
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Figure E.3: Different models distinguished in structural and hydrodynamic analysis [77]
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E.2. Implementation of hydrodynamic model

Via BigLift hydrodynamic data is obtained for the MC-class vessel. This consists of the added mass,
damping and hydrostatic stiffness matrices, based on the wave frequency. This paragraph discusses
the connection between the hydrodynamic and structural side of the model.

In order to connect the hydrodynamic and structural model one major difference between the two
is identified. Figure E.4 shows the defined degrees of freedom for a ship, considered in diffraction
analysis. This implies that the matrices and forces found in the analysis are defined for a vessel in a
global coordinate system. The structural model can be defined as a local model, taking into account the
deflections of the vessel. Therefore, this section further clarifies how the data obtained for the global
vessel motions is transformed into data used by the structural model.

“h

\f

¢ b

Figure E.4: Definition ship motions in six degrees of freedom [65]

Furthermore, another important difference is that the structural model is defined for a 2-dimensional
situation. Therefore, only contributions and behavior relevant for surge, heave and pitch motion is
considered in this analysis.

E.2.1. Distribution added mass, damping and hydrostatic stiffness

Added mass

In equation E.3 some definitions of the added mass in the heave and pitch directions are shown. In this
equation as3(x) is defined as the added mass distribution, = the length variable over the vessel and
L the total length of the vessel. This implies that the heave and pitch added mass, and the coupling
terms, are only dependent on the heave added mass distribution. Therefore, an analysis is made how
this distribution can be defined, since this part could be connected to the structural model. Furthermore,
note that the definition for the damping terms is analogous to the added mass shown in equation E.3.

L/2
A33 = / ass (l’)d(E
—L/2

L/2
Azs = As3 = —/ r azz(v)dr (E3)
—L/2

L2
Ass = / 22 asz(x)dx
—L/2

Figure E.5 shows the heave added mass distribution for a half-cylinder, placed longitudinally in the water.
In this case, 2D and 3D represent different analysis methods to obtain the added mass distribution. In
this case, only the 3D distribution is considered. What this figure shows is that the heave added mass
distribution is maximum in the middle of a uniform object and lowest at the sides. Intuitively, this is
correct, since the added mass is constrained the most in the middle of the vessel.
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A difference between this uniform half-cylinder and ships is the symmetry in the yz-plane. Since
vessels are generally not symmetrical in this plane, it causes asymmetry in the heave added mass
distribution. This asymmetry will result in heave-pitch coupling, so the As; and As3 terms are nonzero.
Both these values are known for the MC-class vessels and will be used in the definition of the added
mass distribution.
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Figure E.5: Heave added mass distribution with different approximation methods [80]

Figure E.6 shows another heave added mass distribution, for a 100 meter long catamaran [81]. It
can be seen that this distribution is more flat compared to the one shown figure E.5. This flattening is
expected to be caused by a non-uniform shape, since the water around the front and aft end of the hull
is less constrained.

In this paper, they compared different approximation methods of the added mass distribution with
their influence on the first natural frequency [81]. What is observed in this paper is that the distribution
only slightly does influence the natural frequency. Although this conclusion is convenient and allows
for simple implementation, it is tried to find an accurate distribution over the length. It is expected that
the local added mass contributions do have an effect on the deflections of the vessel.
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Figure E.6: Heave added mass distribution based on different analysis methods [81]
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In order to find an accurate added mass and damping distribution for the MC-class vessels some curve
fitting is applied. The distribution function needs to comply with the following conditions:

1. The values As3, Ass and Ass are known, so equation E.3 needs to hold.

2. Based on figure E.5 and E.6 the added mass along the main frame needs to be more or less
uniform

3. At the front and aft end of the ship the added mass needs to be 0.
4. All values must be positive.

The most important step in curve fitting is selecting a mathematical expression for which the fit will be
performed. A statistical distribution is chosen as base function for the fit. There are 2 main properties
that the function needs to have, being that the skewness and kurtosis of the distribution is dependent on
the input parameters. After some research, no function was found where skewness and kurtosis could
be independently influenced by separate parameters. Therefore, the generalized normal distribution is
chosen as a base function, since here kurtosis can be controlled by the parameter 5. The generalized
normal distribution is shown in equation E.4. Based on this equation, a curve fit could be made for
the added mass based on the values A3 and As;. Note that the function is implemented in a different
manner, represented by a(x) in figure E.7. Within this figure, parameter b is varied between 0.5 to 0.8,
showing different levels of kurtosis. Furthermore, the implementation of a(x) in this manner ensures
that the integral can have the value of As;3 instead of being 1.
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Y,
1.2
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Figure E.7: Force deflection curves for different saddle formulations

To be able to include the requirement based on Aj;; value as well, a method needs to be found to
include asymmetry in the function as well. Figure E.8 shows the equation chosen to include skewness.
This function has a value of 1, except for the locations +e and —e. Furthermore, the steepness of this
function is defined by parameter d. In this manner, asymmetry can be created within the function. The
function shown in figure E.8 is multiplied by E.4, and this is then put into a solver. Please note that the
result is not unique, multiple solutions are possible.
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Figure E.8: Force deflection curves for different saddle formulations

Table E.1 shows the coefficients of the curve-fitted curve. The resulting added mass distribution is
shown in figure E.9. Compared to Figures E.5 and E.6, the results are reasonable. The large drops at
the front and aft end of the ship are expected, due to 3D effects and the change in hull shape. Note that
the condition regarding the distribution being 0 at the front and aft end is relaxed, since a distribution
cannot be equal to 0.

Table E.1: Results curve fitting

Coefficient | Value

a 1973.7
b 3.33

c 51.2

d 0.0013
e 75
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Figure E.9: Heave added mass distribution for MC-class vessels based on curve fitting
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The orange bars in figure E.9 shows the distribution of the curve over 21 nodes. The area represented
by these orange bars is equal to the added mass which is applied to each structural node in the finite
element formulation. For the surge direction a similar type of analysis can be made. After some in-
spection of the total surge added mass value A;; it became clear that this value is approximately 150
times smaller than the heave value. Therefore, the choice has been made to neglect it since its value
is limited and the analysis required is extensive.

Hydrodynamic damping

For the hydrodynamic damping the same analysis can be made, since Bss, Bs; and Bss are known.
After some analysis it became clear that the damping is of less importance with regard to the obtained
numerical results. For closed cross sections the inertial forces dominate over the damping forces, as
shown in the experimental study of K.H. Chua [82]. In this paper they showed that damping forces do
become significant for open cross sections. For closed cross sections the damping only influences the
phase of the hydrodynamic forces.

On the basis of experience regarding the structural model the choice is made to still include the
damping. It is observed that the structural model has trouble with convergence close to eigenfrequen-
cies, since the response tends to infinity if no damping is included. Therefore, the same algorithm as
mentioned for the added mass will be applied. Table E.2 shows the coefficients obtained for the fitting
of the hydrodynamic damping, with the resulting curve shown in figure E.10.

Table E.2: Results curve fitting hydrodynamic damping

Coefficient | Value

a 38.0
b 2.96
c 34.6
d 0.0002
e 58.4

Damping distribution MC-class
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Figure E.10: Hydrodynamic damping distribution for MC-class vessels based on curve fitting

Hydrostatic restoring stiffness

The hydrostatic restoration stiffness depends on the area of the ship. It is known that the hydrostatic
stiffness is much smaller than the structural stiffness, but this will still be included in the system. During
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the previous analysis, it became clear that for some situations the model would converge to situations
where a free-free beam would rotate, since no rotation constraint was applied. Therefore, the same
procedure is repeated for the hydrostatic stiffness distribution. The results of the curve fitting procedure
are shown in table E.3 and figure E.11.

Table E.3: Results curve fitting hydrodynamic damping

Coefficient | Value

a 417.3
b 4.97
c 80.4
d 0.0011
e 98.0

Hydrostatic stiffness distribution MC-class

Hydrostatic stiffness [T/s*]

K-coordinate on vessel [m]

Figure E.11: Hydrostatic stiffness distribution for MC-class vessels based on curve fitting

Hydrodynamic load distribution

The last step in modeling the loadcase is finding a distribution for the applied force. This distribution
depends on the pressure and waterline area distribution of the vessel. An example of this pressure
distribution is shown in figure E.12.

Figure E.12: Hydrodynamic pressure distribution for example ship

Furthermore, these forces are calculated in diffraction software using equation E.5. These forces and
moments are all derived from the pressure distribution p, which follows from potential theory. Equation



E.2. Implementation of hydrodynamic model 81

E.5 shows the definition of the pressure based on the undisturbed wave potential ® Note that the
pressure distribution p is a function of the wave amplitude (,, wave frequency w and water depth =.
Since only access has been obtained for the results of the diffraction analysis, some simplifications

need to be made.
F:—//(p~n)dS
S

M:—//p-(rxn)dS
s (E.5)
_ e
b(z,y,2,t) = Sag - e** . sin(kx cos p + ky sin pu — wt)
w

The information that follows from the diffraction analysis is the total force amplitude F, and phase
between the force and wave elevation e - for a given wave exciting frequency w, as shown in equation
E.6. Here, a key assumption is that for a harmonic excitation w, the response will be harmonic with
frequency w as well.

F3(t> = }’_'341 Ccos (wt + 6F3,C)

E.6
F5(t) = F5)a COSs (wt+€F57<) ( )

Based on this background an analysis will be made to find an approximation for the pressure distribution
over the vessel. Note that this analysis is again performed for the 2D situation, so only taking surge,
heave and pitch into account. Some conditions are posed on this pressure distribution, formulated as
follows:

1. The pressure distribution must be a function of the wave elevation along the ship and be of the
same shape.

2. The resulting pressure distribution multiplied by the location dependent waterline area A,,; needs
to be equal to the force amplitude Fj3, at the moment in time where maximum heave force is
excerted on the vessel.

The implementation of the first step is shown in figure E.13. Note that the magnitude of this pressure is
not known a priori. The step shown here assumes only that the shape of the pressure corresponds to

the shape of the wave elevation. Furthermore, any phase difference between the wave elevation and
pressure distribution is neglected, since it is not relevant for the loadcase.

Wave elevation

| Pressure distribution ‘

Figure E.13: Hydrodynamic pressure distribution for certain wave elevation

Equation E.7 shows the mathematical formulation of the wave elevation and the derived pressure for-
mulation. To obtain the pressures over the length, a certain phase change needs to be accounted for.
This phase change is defined by the term kx, with k£ being the wave number and z the location on the
vessel. Furthermore, the term e**+ follows from the undisturbed wave potential, and takes the influence
of submersion into account. Parameter z, is defined as the mean draft at a certain longitudinal location.
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((x,t) = (4 cos(wt + kx)

E.7
p(z,t) = pae** cos(wt + kx) €7

The wave number & can be obtained using the dispersion relation with the deep water assumption,
shown equation E.8. This enables creating a pressure distribution of over the length of the vessel.

k= — (E.8)
g
From there, this distribution form can be multiplied by the waterline area distribution. This distribution of
the waterline area is shown in figure E.14, together with the distribution of the draft over the length. The
waterline area can be discretized for a specified number of nodes. At this location a certain average
draft can be obtained as well, which is then used in the pressure formulation. The average draft shown
around the value of = = 60 m is to take the bow flare into account.

| Waterline area & Draft distribution

Average draft MC-class

60 —30 20 0 2 o &0 &0
X-coordinate on vessel [m]

Figure E.14: Waterplane area and draft distribution for MC-class vessels

By multiplying the area by the pressure, a force per node is obtained. Figure E.15 shows this force
per node, with a clear longitudinal location and area dependency. The sum of all these forces should
be equal to the resulting force amplitude value F3 , from the diffraction analysis, specified for a certain
wave height {, and frequency w.

Discretized hydrodynamic force distribution MC-class
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Figure E.15: Discretized hydrodynamic force for MC-class vessels

At last, the moment in time needs to be identified at which the maximum heave force is exerted on the
vessel. Figure E.16 shows the hydrodynamic force distribution for two different instances in time. For
the left figure a large upward heave force is observed, while the resulting force for the right figure will
be approximately zero. Therefore, the conclusion is drawn that the moment in time when the maximum
heave force is exerted must be equal to the amplitude F3 ,.
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Figure E.16: Effect of phase on hydrodynamic force contribution

Important to understand here that the moment in time with the largest resulting heave force requires
the smallest amplitude of the hydrodynamic force distribution to do so. This implies that a minimization
problem can be identified. Equation E.9 shows the first step in the derivation of the objective function.
This is based on the force equilibrium in heave direction, the summation of all local forces acting on the
nodes need to be equal to heave force amplitude. Parameter p(z;, t) represents the pressure acting at
a certain location z;, with A, being the waterplane area that this certain node governs. Furthermore,
the earlier identified force and pressure formulation, shown in E.6 and E.7 respectively, are substituted
in this equation. The phase cr3 ¢ is setto 0 as mentioned earlier, since it is not relevant to the magnitude
of the load case.

S plant)As, = Fy(t)

(E.9)
Zpaekz"’ cos(wt + kx;) Az, = F3,,00S (Wt + €ps.¢)

Equation E.10 rewrites the phase change, drops out the time dependent part and solves for the pressure
amplitude p,. In this equation ¢,, represents the phase due to the longitudinal position relative to the
center of buoyancy of a certain node. Finally, an artificial phase change ¢ is introduced to account for
the behavior discussed earlier, shown in figure E.16.

€x, = k(L’Z
- Fia (E.10)
- YA, eFE cos(e,, + €)

Pal€)

The result of equation E.10 is transformed into a minimization problem, using the pressure amplitude
function as objective function. This minimization problem is defined as follows.

, . Fsa

mwln f((L') = Z(Axiek213é03(6$i+w))

Subject to: —rT<zr<T
0< f(x)

The result of this minimization problem f(z) is equal to the pressure amplitude p,, with = being the
phase where this amplitude occurs. With the pressure amplitude being known, the force distributed for
every node can be computed using equation E.11.

Fa7xi = Pa,x; Aa:i (E11)

Figure E.17 shows the hydrodynamic force distribution for 0.12, 0.6 and 1.2 rad/s. For the longest wave
with a frequency of 0.2 rad/s the left figure clearly shows a hydrostatic dominant force distribution, in
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line with the expected behavior. For the shortest wave of with a frequency of 1.2 rad/s, shown in the
most right figure, the pressure change over draft is observed in the aft of the vessel.

Discretized hydrodynamic force distribution MC-class Discretized hydrodynamic force distribution MC-class
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Figure E.17: Hydrodynamic force distribution for 0.12, 0.6 and 1.2 rad/s, shown in the left, middle and right figure respectively

Table E.4 shows some excitation frequencies w with the obtained pressure amplitude p,. The results
can be verified to some extent, since information regarding the pitch moment is present as well. Another
solver is used to identify the maximum bending pitch moment, and these are compared to the results in
the table. This table shows that the results seem reasonable for 0.12 and 1.2 rad/s, but a large deviation
is observed for 0.6 rad/s. It is expected that small differences in the waterplane area definition result in
large differences here.

Table E.4: Verification results hydrodynamic force distribution

Frequency Averaged pressure | Pitch moment F;, | Pitch moment diff. | Difference
w [rad/s] amplitude p, [kPa] [kNm] F5 ., [kKNm] [%]

0.12 9.44 3.17e5 3.289e5 3.6

0.6 6.71 11e5 7.81e5 30

1.12 8.0 2.6e5 2.78e5 6.5

E.2.2. Verification hydrodynamic model

In this section the implementation of the hydrodynamic model is verified, using data known for this
particular loadcase. This data consist of the rigid body motions, and the response amplitude operators.
If the identified hydrodynamic loadcase is applied on the vessel, the rigid body motions should result
from the structural model. Table E.5 shows the main particulars of the verification loadcase. Note that
the draft defines the values of the hydrodynamic matrices. The weight and rotary inertia of the vessel
and cargo define the rigid body motions.

Table E.5: Identified parameters verification case

Parameter | Value | Unit

T 6 m
A 30365 | T
I, 6.98e7 | Tm?

Verification hydrostatic stiffness

To verify the methodology chosen to distribute the mass, damping and hydrostatic stiffness some data
of the waterline is obtained. Figure E.18 shows the comparison of the data and the approximation
method. In general, it is observed that the shape of the approximation shows good accordance with
the data.
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Figure E.18: Waterplane area distribution comparison

Table E.6 shows a comparison between the resulting hydrostatic stiffness. Here it is observed that the
waterline data overestimates the actual hydrostatic stiffness value retrieved from the C' matrix. In later
stages it became clear that this overestimation influences the observed rigid body motions. Therefore,
the choice is made to continue with the approximated waterplane area.

Table E.6: Comparison hydrostatic stiffness

Parameter | Value [T/m?]
C33 Data 57675

Cs3 Approx. | 61000
Cs3 Actual 57700

Furthermore, during the implementation of the loadcase some other important aspects related to the
hydrostatic stiffness is observed. In order to model the rigid body motions, the rigid body modes in
heave and pitch direction need to be used from the structural model. Figure E.19 shows the rigid body
modes for different center of gravity values. Here the observation is made that the center of gravity of
the model needs to be directly above the center of flotation in order to not cause any rotation, as shown
in the left figure. For the right figure an offset is present between the COG and COF, causing a rotation
in the rigid body mode.

Rigid body modes Rigid body modes
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Figure E.19: Rigid body modes for different a different center of gravity
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This is caused by the type of modeling chosen, since in reality the COG does not necessarily need to
be above the center of flotation to have a heave rigid body motion. Within the model no information is
present regarding the submerged volume of the vessel, which restricts the model to have a different
equilibrium position besides the center of flotation.

E.2.3. Verification rigid body motions

The next step in verifying the hydrodynamic loadcase is to evaluate the rigid body motions resulting
from the structural model. Figure E.20 shows the heave and pitch response amplitude operators. For
the heave motion good accordance is observed, only some error is present near a wave frequency of
0.7 rad/s.

Rigid body RAQ in heave direction Rigid body RAQ in pitch direction
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Figure E.20: Response amplitude operators for heave and pitch, based on heave force

For the response amplitude operator in pitch direction a larger discrepancy is observed. Here large
oscillations between 0.6 and 1.2 rad/s are shown. After some further investigation the behavior shown
in figure E.21 is discovered. This figure shows the wave force magnitude for wave frequencies of
0.6 and 0.68 rad/s. What is observed is that the wave forces become significant, causing the peaks
observed in figure E.20.
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Figure E.21: Wave force over ship length for different wave frequencies

This problem is caused by the implementation of the equation shown in E.10. For some wave lengths,
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corresponding to the peaks, the net resultant wave force becomes small. This small net resultant
contribution causes the pressure amplitude to become large, to end up with the global heave force.
The analysis can be done from a different point of view, by evaluating equation E.10 for the pitch
bending moment F; ,. The result of this analysis is shown in figure E.22. Here different behavior is
observed, being that a better accordance for the pitch RAO is observed. For this case, the opposite is
true for the heave direction. This is caused by the same behavior as shown in figure E.21, but then a
low net moment contribution would result in high amplitudes.
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Figure E.22: Response amplitude operators for heave and pitch, based on pitch force

Furthermore, it is expected that an error is made in dicretizing the rotary inertia of the cargo and vessel.
This because the behavior could match better to the measured data, and this is the case when the
rotary inertia is increased. It is unsure where this error originates from. Besides this error, the right
behavior is observed though.

The choice is made to continue with the pitch loadcase, and to make an error in the heave displacement.
This is based on the maximum bending moment being the governing loadcase in sailing conditions.
Selecting the heave loadcase would lead to a significant overestimation of the bending moment loads,
which would then lead to high displacements.

E.2.4. Connection structural and hydrodynamic model

The models are connected in the manner shown in equation E.12, based on equation 2.4. Note that
all components are expressed in the frequency domain. Furthermore, caution should be taken with
respect to the frequency dependence of the added mass matrix A and the hydrodynamic damping B.

(—w? M+ A(w)] + iwB(w) + [K+ C]) q + fu(q,q) = f,(w) (E.12)

E.3. Model implementation for case

Vessel parameters

The structural weight and stiffness distribution are the 2 main parameters which define the vessel. For
the structural stiffness no distribution data was available, but for the midship section a value could
be retrieved. Therefore an approximation for this distribution is made. Table E.7 shows some of the
retrieved data. In this table parameters I,,;4 and A,,;q repesent the structural stiffness and lateral
steel area of the midship section. Note that this steel area consists only of the structural elements
which are continuous in longitudinal direction, which is important in the stiffness matrix in equation 5.1.
Other structural steel areas could lead to an incorrect longitudinal stiffness. Parameters p,, £ and v are
material properties and represent the steel density, Young’s modulus and the poisson ratio respectively.
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Table E.7: Structural parameters MC-class vessel

Parameter | Value | Unit

Iia 103.8 | m?*
Amid 478 | m?

Ps 7830 | kg/m3
E 205 GPa

v 0.3 -

Some other relevant data is obtained from BigLift and presented in figure E.23. This figure shows
the bending strength and lightship weight distribution. The bending strength distribution is used to
distribute the stiffness and lateral area over the vessel. This is done by normalizing it and multiplying
by the midship stiffness or area.
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Figure E.23: Bending strength and lightship weight distribution for MC-class vessel

The remaining lightship weight is transformed into an structural steel area, by using equation E.13.
This structural area is used in the element mass matrix. Here the assumption is made that the lightship
weight has the same inertial properties as a beam.

V. (E.13)

Cargo parameters

Within this research the ship is kept the same, which implies that these variables are kept fixed. Further-
more, the cargo variables are variables. To check the implementation in the model, an example cargo
is presented here. This cargo is one of the largest monopiles currently existing, with structural param-
eters as shown in table E.8. Material properties are equal to those shown in E.7. These dimensions
are retrieved from [15]. In the example case 4 monopiles will be assumed as the cargo.

Table E.8: Structural parameters example monopile [15]

Parameter | Value | Unit

L 112 m
D 8 m
t 10.4 mm
I, 20.1 m?*
A, 2.8 m
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E.4. Difficulties implementing case in model

During the implementation of all elements within the model some difficulties arose, which are described
in this paragraph.

Modeling of a free-free beam

At first, some difficulties arose during the modeling of a free-free beam in the non-linear model. Figure
E.24 shows an example of this situation, for which the model was just able to converge. This figure
shows that the beams start to rotate, since no constraint is present. If this rotation stays limited the
model is still able to converge, but if it becomes extensive it breaks down.

Response plots for Non-linear analysis
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Figure E.24: Rotation of free-free beams

It was expected that implementing the hydrostatic stiffness in the model was able to resolve this problem,
since this would constrain the beams in the model. After analysis it became clear that this is not the
case, because of the difference in magnitude present for the structural and hydrostatic stiffness. For
20 elements, a structural stiffness of O(1012 N/m) is present, while the hydrostatic stiffness has a order
of magnitude of O(10N/m).

What further complicates this problem is that an inverse relation between the structural stiffness
K;; and the element length L is observed. A linear relation is present for the hydrostatic stiffness C;;
and the element length L, a larger element length implies that the total hydrostatic stiffness needs to
be distributed over a smaller amount of nodes. So, increasing the number of nodes only negatively
influences this behavior, because the K;; values become larger and the C;; values becoming smaller.
Paragraph E.4 further elaborates on the requirements regarding the nodes.

Modeling of unilateral springs

Some other difficulties arose regarding modeling the unilateral springs. Figure E.25 shows an issue
observed when modeling unilateral springs. To mitigate the earlier identified problem with modeling a
free-free beam, the cargo and ship are clamped at one side as shown in the left figure. The red dot
on the geometry shows the point where the response in time is evaluated, as shown in the left figure.
Note that, for simplicity, it is assumed that the cargo has the same length as the vessel.
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Figure E.25: Results for modeling unilateral constraint using ship and cargo

This figure shows right behavior in general, consisting of a displacement if the ship moves upward and
being approximately zero if the ship moves downward. What is visible as well is that the saddle is
compressed for almost 0.5 meters of displacement. This behavior could be solved by increasing the
saddle stiffness, but this leads to a situation where no convergence is observed.

What complicates this situation is that the unilateral spring stiffness should be dependent on the
order of magnitude of the displacement, if zero deflection in the saddle is desired. This is a complicated
iterative process where stiffness should be found where the model is just able to converge. This leads to
a high number of iterations for every specific observed displacement, being dependent on the loadcase.

Requirement high number of nodes

To obtain some geometric accuracy, it is required that a high number of nodes is present for the cargo
and the ship. Based on the verification and validation analysis performed in appendix F it became clear
that incorrect discretization of the beam leads to a significant deviation in results. Figure E.26 shows an
example of this behavior, here the left figure is for 21 and the right for 18 nodes. In this case, selecting
18 nodes leads to a small offset in the location of the forcing and the non-linear springs. Furthermore,
selecting 18 nodes introduces a-symmetries as well, which has a significant influence on the results as
well.
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Figure E.26: Influence of number of nodes on results, the left figure shows the correct number and the right a wrong number of
nodes

To conclude, the discretization needs to be performed in such a manner that the location of nodes and
connections corresponds to their actual location. In the situation when a ship and its cargo is modeled it
is expected that this leads to a high number of nodes, due to the geometric complexities. Furthermore,
the earlier described distributions in the mass, stiffness, added mass, damping and hydrostatic stiffness
pose some requirements on the discretization as well, in order to ensure accuracy. This contradicts
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the requirement stated in E.4, in which there is stated that a low number of nodes is desired in order to
preserve numerical accuracy.

Table E.9 shows the influence of nodes, iterations and harmonics on the runtime of a calculation. This
table shows that especially for a high number of harmonics the runtime starts to become significant.
In case of modeling unilateral constraints, a high number of harmonics is required to represent the
solution as shown in figure E.25. Although the numerical efficiency of the Harmonic Balance Method
is good compared to a time domain method, still the runtime becomes significant.

Table E.9: Runtime for different number of nodes and harmonics in seconds, for a single exitation frequency

Nodes
11 51 101
1710.1 2.7 12.5
3105 155 61.4
5114 1451 1969.7

Harmonics

This runtime would be acceptable if valid results and convergence would be ensured, but this can’t be
ensured yet. Furthermore, debugging and testing becomes a tedious process in case of these large
runtimes.

Modeling near eigenfrequencies

Another observation made during the validation of the model is some trouble with modeling near eigen-
frequences. It is known that near eigenfrequencies the deflections become large, and, in case of no
damping, even become infinite. This causes a lot of convergence issues for the solver, or problems
in the continuation method. Figure E.27 shows this problem, in this situation the continuation method
causes the solver to walk backwards on the solution path. The continuation method has trouble defining
the direction vector, resulting in this problem.
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Figure E.27: Issues related to the continuation method

To resolve this problem it was expected that this could be solved by introducing hydrodynamic damping.
This damping significantly reduces the response near eigenfrequencies, resulting in better convergence
performance. It cannot be verified independently since no situation has been found in which the total
situation could be modeled.
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E.4.1. Potential solutions

Based on the difficulties mentioned above, some solutions can be identified. These solutions are as
follows.

First, a solution can be created where the model is more constrained, to prevent the rotation
which causes trouble in the solver. An analysis should be made what type of constraint should
be applied and how to take its influence in force and moment distribution into account.

With respect to the behavior of the saddles, a solution can be found where an iteration is performed
over the guesses. The solution that a solver finds is highly dependent on the quality of the guess
provided.

Better numerical performance could be obtained by separating the loop over a certain number of
cores. This can be achieved by making different independent loops which follow and independent
path of results.

In situations close to eigenfrequencies an artificial amount of damping could be applied, leading
to smaller deflections. By reducing the deflections, it should be easier for the solver to converge
to solutions. The observed response would not be correct, but this should enable the model to
identify the locations of eigenfrequencies.

Due to time considerations and the lack of conclusive evidence that it would work it is not possible to
implement these solutions. Therefore, an alternative approach was identified, using a model where
only one-way coupling is applied. This greatly reduces the complexity of the model and better allows
for debugging and troubleshooting in the model. The approach and analysis done with this model is
described in the main part of this thesis.



Verification & validation linear
structural model

This appendix describes the validation and verification performed for the structural model. Verification
and validation are based on the data obtained in experimental results, presented in [83]. The first study
analyzes the eigenfrequencies for a simple strip, for simply supported and free boundary conditions
[83]. Note these results are obtained for a free-free beam, with the dimensions as shown in table F.1.
All results discussed in this appendix are based on this beam dimensions.

Table F.1: Eigenfrequencies from model and found in study [83]

Parameter | Value | Unit
Length L | 1.044 | m
Breadth B | 0.023 | m
Height H | 0.005 | m
Density p | 7830 | kg/m?
Young’'s modulus E | 205 GPA

The appendix is structured as follows. First, the mathematical formulation of the analytical model is
described. After that, results of the linear finite element method are described and compared to the
analytical results. Finally, the validation of the linear model is described.

F.1. Analytical model

The analytical model is based on Euler-Bernoulli beam theory, which, on its order, is based on Newton’s
second law. This is shown in the first equation of F.1. This equation can be transformed into an
ordinary differential equation of 2" and 4" by assuming that the solution consists of a time- and space-
dependent part. Solving the space-related differential equation results in the second equation shown
in F.1.

Ps A- w(tax),tt +EI- w(t7x)LLL1 =0

P(x) =C1-cos(f-x)+Cy-sin(B-xz)+ Cs-cosh(B-z)+ Cy - sinh(8 - x) (1)

The space-dependent solution can be solved by applying the appropriate boundary conditions at the
beginning and the end of the beam. This solution results from the eigenvalue problem by putting to-
gether the boundary condition equations into a matrix. The eigenfrequencies result from requiring the
determinant to be zero, which ensures nontrivial solutions.

93



F1. Analytical model 94

Equation F.2 shows an example of some mode shape functions, defined for different boundary con-
ditions. In this equation parameter S results from requiring the determinant to be zero. This parameter
defines the mode shape and the eigenfrequency. Parameter L is the length of the beam, and z is the
coordinate over the length of the beam.

cos 8L — cosh 5L
sinh 5L + sin 5L
Pinned: ¢ = sin Sz (F.2)
sinh 8L — sin 8L
cos L — cosh 5L
The eigenfrequency can be calculated using equation F.3 and is defined in radians per second. Note
that this eigenfrequency corresponds to a specific mode shape. Parameters E and I are defined as

the Young’s modulus and area moment of inertia. The material density is defined by p, and the lateral
area is defined by A.

Free: ¢ = (sin Bz — sinh Sx) + (cos Sz + cosh fx)

Clamped: ¢ = (sinh Sz — sin 8z) + (cosh Sz — cos fx)

ET
2
, 2. il F.
wi =0 (F3)

Figure F.1 shows some of the resulting mode shapes and eigenfrequencies in hertz. These results are
valid for a beam with free-free boundary conditions
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Figure F.1: Mode shapes and eigenfrequencies as defined by the analytical model

At last, a forced response situation is analyzed using the modal summation principle. Equation F.4
shows how the forced response per mode can be defined. To obtain the total response, the response
per mode needs to be summed.

& B n

B,
In this equation, j represents the location of the response, and k the location where the object is excited.
Subscript i represents the certain mode. Parameter m,, ; is defined as the modal mass. Figure F.2

Vi j ik

Mo, (W] = @3)

(F.4)

i=1
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shows the frequency response spectrum for the considered object. In this figure, the eigenfrequencies
are clearly visible. Furthermore, destructive interference is visible as well between the modes.
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Figure F.2: Frequency response function for excitation and response at 60 % of the length of the beam

F.2. Finite Element Method model

The lineartheory discussed in chapter 5 is used as starting point here. The eigenfrequencies and mode
shapes can be found using equation F.5 [73]. The first equation represents an eigenvalue problem,
where the eigenvalues are represented by w? and the eigenvectors by ;. Note that this equation is
solved for a free vibration solution. The second equation represents the response, which is defined
to be harmonic. The last equation represents the forced vibration solution, with the amplitude being
defined as a.

(K—w!M)ep; =0
a = ’l,[), COS(wit + 07,) (F5)

(wiy —wi)ai = ] f
Solving these equations results in the mode shapes shown in figure F.3. Here, some different behavior
can be observed compared to Figure F.1. Mode shape 0, 1 and 2 are defined as rigid body modes.
Mode shape 2 is the rigid body mode in x direction, therefore the y-deflection is equal to 0. Mode
shape 0 is the rigid body mode in y-direction, and mode shape 1 is the rigid body mode in 6-direction.
These rigid body motions do not directly result from the analytical analysis, so therefore they are only
observed for the finite element analysis. Note that for these modes there is no eigenfrequency, since no
bending vibration is present in the mode. At last, the first bending mode, represented by mode shape
3, has the same shape and eigenfrequency as defined by the analytical model.
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Mode shape function FEM
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Figure F.3: Mode shapes based on Finite Element Method

Boundary conditions

Some boundary conditions between the beams are modeled in order to create a multi-beam model.
The beams can be connected using a rotated beam element. To do so, a rotation matrix should be
applied to the element stiffness and mass matrix. This rotation matrix R is shown in equation F.6. The
operations required to rotate the element matrices are shown as well in this equation.

cosf sinf 0O 0 0 0
—sinf cosf 0 0 0 0
R = 0 0 1 0 0 0
0 0 0 cosf sinf O
0 0 0 —sind cosf 0 (F.6)
0 0 0 0 0 1

[Mrot] = [R]”[Me][R]
[Krot] = [R][Ke][R]
Furthermore, for a pinned condition the stiffness matrix shown in equation F.2 is used. In this situation,

the stiffness k& is put to a high value, in order to force the displacement of the vessel and cargo to be
the same.

k 0O 0 -k 0 O k 0 0 -k O 0
0 k 0 0 —k 0 0O k 0 0 -k 0
0 0O 0 O 0 O 0 0 k 0 0 -k
[Kpinned] = L 0 0 k 0 0 [Kclamped} - —k 0 0 k 0 0
0 -k 0 O k0 0 -k O 0 k 0
0 0O 0 O 0 0 0 0 -k O 0 k

Table F.2: Caption

Note that to apply these boundary conditions, the to-be-connected nodes of the vessel and cargo need
to be obtained. The stiffness and mass matrix are split into four 3 by 3 matrices, which need to be
placed onto the correct nodes in the global stiffness matrix.
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F.3. Further verification and validation of model

This paragraph describes how the model is verified and validated. Note that the Finite Element model
for continuous beam is validated by the analytical model. More complex structures and discontinuities
are verified or validated by ANSYS, or by literature.

Table F.3 shows the comparison between the analytical, FEM and experimental results. Note that the
eigenfrequencies are corresponding to the bending modes. Furthermore, only 5 elements are required
to obtain the eigenfrequency within 1 % accuracy for the third eigenmode. Note that this error increases
for higher order modes. The table shows that, in general, the results correspond well. The only mode
with a high deviation is mode 2, in their paper they don’t mention why this difference is large. It could
be that some error is introduced by the supports of the beam, since it is not possible to obtain a fully
free-free situation.

Table F.3: Parameters beam used in [83]

Boundary condition \ Mode \ Experimental freq. \ Analytical freq. \ Finite element freq.

1 25.63 2413 2413
free-free 2 77.51 66.51 66.51
3 128.8 130.4 130.4
1 12.21 10.64 10.64
pinned-pinned 2 37.62 42.57 42.57
3 - 95.79 95.79

Stepped beam

A discontinuity which is verified for the FEM-model is the stepped beam shown in figure F.4 [84]. Note
that free boundary conditions are applied on this stepped beam.

254 »| 140 -|

Figure F.4: Stepped beam considered in study [84], dimensions are in millimeters

Table F.4 shows the comparison between the result from the study and from the finite element model.
Note that in this study, a composite element method (CEM) is applied. The results show good agree-
ment with each other, with the error being around 0.5 percent. This confirms that the implemented
method to handle discontinuities is valid.

Table F.4: Eigenfrequencies of model and of study [84]

Mode | Study freq. | Finite element freq.

1 291.9 293.13
2 1176.2 1182.0
3 1795.7 1805.9

Figure F.5 shows the mode shapes for the stepped beam. These mode shapes show the correct
behavior as well, with a clear difference in stiffness visible. This further confirms that the FEM-model
is able to handle complex geometries.
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Mode shape function FEM
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Figure F.5: Mode shapes for beam discussed in [84]

Multi-beam structures

At last, an analysis is made as well to verify the results of multi-beam structures. This is done by
setting-up an ANSYS-model. Figure F.6 shows the multi-beam model created in ANSYS.

Figure F.6: Multi beam model created in ANSYS

Table F.5 shows the eigenfrequencies for certain modes. This table shows that the results have a
minimal difference. This shows that the FEM-model is able to model multi-beam structures as well.

Table F.5: Eigenfrequencies of model and of study [84]

Mode | ANSYS freq. | Finite element freq.
1 0.273 0.275

2 0.895 0.886
3 1.012 1.012




Verification & validation non-linear
structural model

This appendix describes how the non-linear modeling method is verified and validated. The verification
is based on two different approaches, using ANSYS and the study of Wang and Zheng [85].

G.1. Verification using ANSYS

In order to verify the created model some cases are created. These cases are analysed in ANSYS and
by the model, and defined as follows:

» Clamped beam with non-linear spring
» Clamped beam with unilateral spring
+ Clamped multi-beam attached by non-linear springs

The verification of these cases are discussed individually with their added value to the legitimacy of the
model.

Case 1. Clamped beam with cubic spring

Figure G.1 shows a schematic representation of the analyzed situation. Note that the red arrow repre-
sents an oscillating force. The accordance between the model and ANSYS confirms that the applied
solution method is able to find correct results for non-linear systems. Caution should be paid that the
exciting force is sufficient to generate a significant response, so the non-linear forces become pro-

nounced.

()

=

Figure G.1: Clamped beam with non-linear spring

Table G.1 shows the beam, loading and non-linear stiffness properties. These beam properties are
arbitrary, but chosen in the same order of magnitude as beams used in [51, 84, 85]. Both these param-
eters are loaded in the ANSYS and Python models, and a response analysis is made. Note that the
response is evaluated at the end of the beam, so where the cubic spring is located.
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Table G.1: Beam, loading and non-linear stiffness properties tested in case 1

Parameter | Value | Unit
Length L |01 m
Breadth B | 0.005 | m
Length H | 0.005 | m
Young’s modulus FE | 205 GPa
Density p | 7830 | kg/m?
Load P | 1000 | N
Frequency f | 33.3 Hz
Stiffness k|6 | GN/m?

The figures in G.2 show the results from the ANSYS and Python-model. These figures show a good
agreement, the magnitude of the response is similar. Note that for the ANSYS model some smaller
vibrations are observed. In the Python-model some small vibrations are visible as well, but with a
smaller magnitude. Therefore, it is expected that this is transient behavior, while the Python model
is only able to model steady-state behavior. Note that a trade-off should be made between harmonic
order and runtime, since the runtime increases drastically if the harmonic order is increased.
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Figure G.2: Response end of beam based on Python-model (left) and ANSYS (right)

Table G.2 shows the numerical results. Only a difference of 4 % is observed between the results.

Table G.2: Comparison deflection computed by ANSYS and Pyhton-model

Method | Result

Python 0.00515
ANSYS 0.00536

Difference | 3.8 %

Case 2: Clamped beam with unilateral spring

Figure G.3 shows a single beam model with a unilateral spring at the end. This case is of particular
interest since the unilateral spring causes a highly non-linear situation, due to the discontinuity in the
force-deflection curve of the spring. This causes the suspicion of potential errors due to the Gibbs-
phenomenon, emphasizing a thorough analysis. The gap in the figure is shown to illustrate the unilateral
spring, but this distance is modeled to have a value of 0.
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Figure G.3: Clamped beam with unilateral spring

Note that the properties of the beam and load are the same as shown in table G.1. Table G.3 shows
the properties of the unilateral spring. This spring is modeled as a linear spring.

Table G.3: Unilateral spring properties tested in case 2

Parameter | Value | Unit
Stiffness k|6 MN/m
Gap e |0 m

Figure G.4 shows the results from the Python-model and ANSYS. Note that the spring resists move-
ment above z = 0, but has no influence below this value. The ANSYS results show more oscillations
compared to the Python-model, but here the same conclusion is drawn as in the first case.
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Figure G.4: Response end of beam based on Python-model (left) and ANSYS (right)

Table G.4 shows the numerical results for the second case. Here the difference increases to 6 %.
Table G.4: Comparison deflection computed by ANSYS and Pyhton-model

Method | Result

Python -0.0314
ANSYS -0.0335

Difference | 6.3 %

Some additional analysis is made since the Python-model had trouble to converge to this result, a long
calculation time and many iterations were required. Especially when the stiffness was increased even
further, the model would break down. This issue is important to analyze, because the situation could
occur that the axial stiffness of the saddles will be far larger than the bending stiffness of the monopiles.

Figure G.5 shows the force and deflection at the location of the unilateral spring for one oscillation
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over time. The blue curve shows the guess for the displacement over time, based on which the green
curve is calculated. The green curve represents the force due to this displacement, evaluated in time
domain. Using the fourier transform this curve is tranferred into frequency domain, represented by the
red curve.

The left figure shows a substep in the iterations to find the solution and directly makes clear why the
solver has trouble finding the actual solution. Harmonics with a small amplitude lead to a large force,
because of the unilateral spring with high stiffness. A check has been performed to verify whether or
not the Gibbs phenomenon influences this behavior, but this is not observed. This is done by smoothing
the time domain force at the discontinuities around 0.
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Figure G.5: Beam deflection and unilateral spring force for a substep (left) and for the end result (right)

To solve this issue a different spring representation for the saddles needs to be investigated. It is
expected that a quadratic or cubic spring would reduce this behavior. Figure G.6 shows the force
deflection curve for a linear and a quadratic spring. By implementing a quadratic spring, the reaction
force for small amplitudes will be smaller compared to a linear spring. But for larger amplitudes this
force will exceed the linear one.

Linear spring Quadratic spring
F A F A

¥
¥

Figure G.6: Force deflection curves for unilateral linear and quadratic spring

Implementing the saddles in this manner has some consequences which need to be considered. So will
the deflection at the locations of the saddles not be accurate anymore, up to a certain point the monopile
will deflect the saddles more than in reality. This is not considered to be a problem, since this research
is focused on detachment of the monopile instead of the deflective behavior at the saddles. Note that
for other applications where this behavior is important the model might become inaccurate. Table G.5
shows a comparison results for different spring implementations. Note that the springs stiffness needs
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to be increased for a higher order spring, to ensure that the maximum deflection stays limited. A cubic
spring will be implemented, since this gives accurate results with limited iterations. Furthermore, cubic
springs ensure smoothness for force deflection curve, but as well for its derivative. This is useful since
the Jacobian is used in the solver.

Table G.5: Comparison implementation springs

Method | Stiffness | Min | Max | Iterations
Linear 6e6 -0.03145 | 0.00018 | 126
Quadratic | 6e9 -0.03145 | 0.00042 | 78
Cubic 6e12 -0.03147 | 0.00056 | 55

G.2. Validation using literature

In order to be able to validate model using the paper, a continuation method needs to be implemented.
This is based on the fact that now a range of frequencies is evaluated instead of a single exictation
frequency.

G.2.1. Continuation method

Chapter 5 describes how the system equations can be solved using the harmonic balance method. As
identified in the literature review, a continuation method is also required when creating frequency re-
sponse curvers. This continuation method ensures that complex behavior like bifurcations is managed
correctly, that all solutions are found for a given excitation frequency.

Atfirst, a predictor step is required in the continuation method. A common method applied to define a
predictor is the tangent method, shown mathematically in equation G.1. In this equation, X, represents
the previous solution, As the step size and X3 the normalized tangent vector [51].

XPre = X, + AsX: (G.1)

As the corrector step, various methods are present as well. Figure G.7 shows some of the options. The
mathematical representation of the arc-length and orthogonal continuation is shown in equation G.2.
For the arc-length algorithm, the next solution point needs to be on the sphere with a radius of As. For
the orthogonal algorithm, the next solution point needs to be on the plane tangent to the solution point.

Arc-length: po(X) = (X — Xo)" (X — Xo) — As> =0

G.2
Orthogonal: pe(X) = X] (X — XP®) =0 (G-2)
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Figure G.7: Corrector methods [51]

The Python model with the continuation method is compared to the MATLAB tool NLvib in order to
verify the implementation. Figure G.8 shows the comparison between the two tools, and the results
show good accordance.
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Figure G.8: Comparison between the MATLAB (left) and Python tool (right)

G.2.2. Reference case comparison

A reference case is found in the paper of Wang and Zheng [85]. In this paper they analyse the frequency
response of a multi-beam configuration connected by non-linear springs. They evaluate the response
in a analytical and a experimental manner. Figure G.9 shows the configuration of the test setup. A
close-up of the non-linear isolator is shown in the bottom left of the figure.

Figure G.9: Test set up of multi-beam configuration connected by non-linear isolators [85]

Modeling of isolators

The first step in analyzing this case is to model the non-linear isolators. The first part of the paper is
related to the modeling and parameter identification of these isolators. Figure G.10 shows the single
degree of freedom system used to identify the parameters of the non linear isolator [85].

(1)
il

u(t)

Figure G.10: Single degree of freedom system non-linear isolators [85]



G.2. Validation using literature 105

To identify these parameters, the isolator is connected to a mass and applies a base excitation. In
order to apply a base excitation, equation G.3 should be taken into account. This equation is based
on the coordinates shown in figure G.10. This implies that the term muqw? represents the excitation
force. Caution should be paid to x(t) being the relative motion, e(t) the response motion, and u(¢) the
base excitation. The last equation shown represents the non-linear force description. The parameters
c1, ¢3, k1, ko and k3 are defined in their study by parameter identification based on experiments. These
parameters are adopted in the non-linear model to evaluate the response.

z(t) = e(t) — u(t)
mé + fo(&) + f(z) + fu(z,2) = muow?el®t (G.3)
fui(z,3) = c1 + c3i® + kxy + kow|z| + kza®

This translates to a single degree of freedom system, and is modeled in the MATLAB tool NLvib. Figure

G.11 shows response curves for the springs considered in the research. Good accordance is observed
between the results from the study of Wang and Zheng and the harmonic balance method.

HB Frequency response for 0.3, 0.5 and 1.0 g for spring 1 HE Frequency response for 0.3, 0.5 and 1.0 g for spring 2
40

\ ff\
a5 [\ 15 || \

\ 20 | \
\

| b
| |'r‘\ \
| \\

25

20

Relative acceleration (m/s 2]
- _’ -
Relative acceleration (m/s 2]
T =R
- - P
f

\
x
IE
|I
‘|
|
I||II
|
| ||I
.‘ |

0 1500 200 250 300 350 400 450 500 1] 50 100 150 200 250 300 350 400 450 500

Frequency (Hz) Frequency (Hz)
HE Frequency response for 0.3, 0.5 and 1.0 g for spring 3
45
’ A
40 |J \
“: | A\
2 a5 \
g 30 I Y
5 N\
%5 \
2 A\
g \
g ® AN
£ | | [ ~
5 15 \ e—
@© T |
10
5 // H-"“‘-——_ :_::_ —
0 / i A
o 150 200 250 300 350 400 450 500
Frequency (Hz)

Figure G.11: Comparison between results from the tool and the study [85]

Modeling of multi-beam structure

The next step is to model the multi-beam part, now it is clear that the non-linear isolators are modeled
correctly. Figure G.12 shows the transmissibility curves for the first isolators. If compared to the paper
of Wang and Zheng, it shows the correct behavior and deviations from the rigid connection analysis.
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Figure G.12: Comparison transmissibility curves for rigid connection and non-linear isolators group 1

Table G.6 shows the observed peak frequencies. This table shows that the results compare good to
the values found by Zang and Wheng. Therefore, the conclusion can be drawn that the model is able
to define this part of the behavior correctly.

Table G.6: Peak frequencies comparison

Mode | Rigid | Group 1 | Group 1 | Difference | Group 1
W&ZzZ Linear

1 12 12 12.4 0 % 12.3

2 30 29 29.8 3% 29.8

3 112 117 111.2 5% 111.1

4 152 154 150.9 2% 150.8

5 275 257 260.1 1% 259.4

6 391 385 387.3 1% 386.9

After some more analysis, the situation shown in figure G.13 was encountered. This figure shows
a comparison between a non-linear analysis, and an analysis of the linearised problem. This figure
shows that the behavior is predominantly defined by the linear part. This is shown in table G.6 as well,
the peak frequencies have a small difference. Therefore, further investigation is required in order to
validate the model.
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Transmissibility function at 0.5 L of auxiliary beam
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Figure G.13: Transmissibility curves comparison for linearised and non linear analysis

Table G.7 shows the other data that Wang and Zheng used in their research. The proportion stated in
the table is the proportion between the deformation of the springs and the maximum deflection of the
beams. Here, a larger discrepancy is observed. The general behavior is observed in this table, but
the numerical values are off. One possible explanation for this could be that evaluations are made at
frequencies where extremes are located. Because of doing this, differences get magnified, causing a
bad correlation. Another explanation is the difference in solution methods, causing different numerical
values.

Table G.7: Deflection of beam-deflection of spring proportion comparison

Mode | Mode 1 | Mode 2 | Mode 3 | Mode 4 | Mode 5 | Mode 6
Proportion W&Z | 0.0013 0.0021 0.0211 0.0418 0.7817 0.0492
Proportion 0.00165 0.00081 0.01812 0.0291385 0.16598 0.0801
Deflection spring | -1.01625e-06 | 2.53917e-06 | -1.38405e-06 | 1.89042e-06 | 2.22001e-06 | 9.50677e-07

Furthermore, table G.7 shows the deflection of the springs as well. This data cant be verified since it is
not provided in the paper, but it draws attention nevertheless. Figure G.14 shows the force deflection
curve for nonlinear springs group 1. This figure shows that the springs have soft behavior for low
deflections, but become more stiff for higher deflections. If the order of magnitude of deflection is
analysed, it becomes clear why the observed behavior is linear. The small deflections caused it to
behave in a linear manner, as represented by the yellow line.



G.2. Validation using literature 108

Force deflection curve nonlinear isolator group 1

—— Non-linear equation
500 Linearised eguation
400
E 300
L5
=
2
200
100
o
00 05 10 15 20 25 30

Deflection [m] le-4

Figure G.14: Force deflection curve for non-linear isolators group 1

Therefore, the non-linearities in the system are analyzed more closely. The system will be excited
with a larger amplitude. This analysis is performed for mode 5, since the deviations between the non-
linear and rigid solution is largest. Therefore, the effects of changing the exciting force will be most
pronounced here. The original results are obtained with an excitation of 0.4 g. Figure G.15 shows the
results for an excitation of 20 and 60 g.

s Transmissibility function at 0.5 L of auxiliary beam s Transmissibility function at 0.5 L of auxiliary beam

10 10
= Linear analysis = Linear analysis
—— Non-linear analysis —— Non-linear analysis

H
5
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Excitation frequency [Hz] Excitation frequency [Hz]

Figure G.15: Transmissibility curves for 20 g (left) and for 60 g (right) excitation

The left figure shows an transmissibility peak earlier than for the linearized system, indicating a smaller
stiffness contribution. For the right figure, the opposite is observed. This behavior is analyzed in combi-
nation with the force deflection curve presented in figure G.16. This curve explains the earlier observed
behavior. When excited with a low force, the spring deflects in the regime where it is considered soft.
This implies a lower stiffness compared to a linear spring, explaining the shift observed in the left fig-
ure ofG.15. For higher excitations, the spring will operate in a more stiff regime, expecting results to
converge to the rigid connection results. This behavior is observed in the right figure of G.15.
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Figure G.16: Force deflection curve non-linear isolators with attained range for 20 g and 60 g excitation
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Example case saddle analysis

The figures shown in figure 1.1 show the force distribution during the oscillation and at t = 0. Two
reasons can be identified why the non-linear forces in the seafastening system are larger compared
to the observed linear forces. At first, the large linear negative force at the outer saddles causes the
monopile to stay connected to the middle three saddles. This causes them to distribute the normal
force over these three, instead of being taken up by one, as shown for the non-linear force distribution.
Second, the tensile force caused by the force regularization is amplified by the stiffness. This results
in a larger negative force observed for the second and fourth saddle, if compared to figure 5.3.
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Figure 1.1: Force distribution for situation with 5 saddles in combination with 10 times the saddle stiffness. The 2D plots

represent the force and bending moment distribution for the beginning of the oscillation, so ¢ = 0.

The overconstrained situation is not confirmed by the maximum force observed in the system, but
by the maximum observed bending moment. Table 1.1 shows the main results for the linear and non-
linear analysis. These tables confirm the observed behavior shown in the figures. Furthermore, the
maximum deflection of the monopile shows that for the linear case, the cargo is forced into a far larger
deflection compared to the non-linear case. Furthermore, this table shows as well that the non-linear
deflection of 13 mm is larger then the deflection under its own weight of 12 mm. As mentioned earlier,
this is caused by the tensile saddle forces. At last, overconstraining by a linear approach is also visible
for the bending moment, which is more than double the value observed for a non-linear approach.

Force [MN]

Bending moment [MNm]
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Table I.1: Maxima for 5 saddles in combination with 10 times stiffness for linear and non-linear model

| Linear | Non - Linear | Unit

Parameter

Deflection monopile  u,,, | 34.9 13.1 mm
Deflection saddle Uy 1.9 2.3 mm
Detachment ug | - 15.3 mm
Force F 12.8 14.0 MN
Bending moment M, | 118.6 252.6 MNm
Bending stress op, | 304 64.7 MPa

At last, the figures shown in |.2 show the deflection of the cargo, for reference.

Linear deflection

Figure 1.2:

Deflection [mm]

Non-linear deflection

Deflection for length of monopile and instance in time, analysed in a linear and non-linear manner

Deflection [mm]



Limit case saddle analysis

Figure J.1 shows additional results for the limit case analysis. The displacement shows the same
pattern for the observed forces, indicating that the forces in the sea-fastening system are predominantly
defined by inertial contributions. Table J.1 shows the numerical results corresponding to the limit case.
This table shows that the deflection of the saddles becomes significant, in the same order of magnitude
as observed for the vessel. Furthermore, this table shows as well that the deflection of the monopile
drops down to small values, indicating that the load transferred to the monopile is low.

Table J.1: Maxima for 7 saddles in combination with 0.006 stiffness for linear model

Parameter | Linear | Unit
Deflection monopile  w,, | 3.3 mm
Deflection saddle us | 259.5 mm
Force F 1.5 MN
Bending moment M, | 19.5 MNm
Bending stress op 5 MPa
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Figure J.1: Additional results for the limit case of the saddle analysis
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Figure K.2: Additional results for parametric analysis lashing stiffness and lashing pretension. Every results is the maximum

value observed.



Example case lashing analysis

Figure L.1 shows an example case for the lashing analysis. The saddle parameters are equal to the
ones defined in the base case. For the pre-tension a value of 108 N is used, while for the lashing
stiffness a value of 107 N/m is used.

these figures show that due to the high pre-tension, the monopile has forced contact with the first
and last saddle. The normal force is therefore again distributed over 2 saddles again, leading to a lower
maximum normal force. Furthermore, the 2D plots show that at ¢ = 0 the bending of the monopile is
almost equal to the bending of the vessel. Note that in this situation the pretension force in the lashing
wire far exceeds the normal forces observed for the saddles.

Table L.1 shows the results for the example case. This table shows that due to this pre-tension the
deflections and bending moments reach high values. The table shows that for high pre-tension the
detachment of the monopile becomes large. This is due to the pre-tension becoming so large that it
causes the monopile to bend above the middle saddle.

Table L.1: Maxima for lashing example with a pre-tension 108 N and lashing stiffness of 107 N/m for linear and non-linear model

Parameter | Linear | Non-Linear | Unit
Deflection monopile  u,, | 62.1 62.0 mm
Deflection saddle us | 9 5.3 mm
Detachment ug | - 15.2 mm
Force F 9.5 55 MN
Bending moment M, | 311.3 310.9 MNm
Bending stress op 79.8 79.7 MPa
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Figure L.1: Deflection and forces for example case lashing analysis. Lashing stiffness of 107 N/m is used in combination with
a lashing pretension of 108 N.
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Figure M.2: Additional results for parametric analysis number of saddles and saddle stiffness. Every results is the maximum
value observed.
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