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Preface: About “Wear and Friction in a Controllable Pitch
Propeller”

The author is a naval architect and this book is hi3 flesis. In this research

the author focuses on friction in a controllablelpipropeller (CPP), formation of wear
in a CPP system, and their mutual dependence. Insteapbimg deeply only in
tribology aspects, the author tries to get an ovedalcription of the problem
incorporating hydrodynamic and mechanical aspectsGRPR. By doing so, the author
concludes that total wear is the result of several weszhanisms but in the first place
fretting and sliding wear. An attempt has been madsptain the existence of fretting
as a consequence of too high oscillations in the wpked when the ship is sailing in
seaway. Wear experiments presented in this book shotindgrevear to be more
dangerous than other wear mechanisms in CPP. At thebaseld on experiments and
previous analysis, the author presents a total wear rfadICPP.
This book is useful for marine engineers to better tstded the properties and limits
of a CPP in real service conditions. It further canam example how to use a multi
disciplinary approach in solving a specific problemsdlit can be useful for tribology
experts to get an impression of the problems the marioplgpencounter and how
these relate to their own expertise.

Keywords: Controllable Pitch Propeller (CPP), Friction, diion modelling, Wear,
Wear experiments, fretting, fretting experiments, sgdivear, sailing in seaway, real
service conditions, multi-disciplinary approach
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Nomenclature

Roman variables:

area m?2
propeller diameter m
drag force N
Young's modulus N/mm?
force N
hardness GPa
moment of inertia kgm?2
wear coefficient -

lift force N
length of contact m
moment Nm

number of cycles -
Normal force N
resultant force N
propeller radius m
sliding distance m

thrust N
volume mm3
tangential force N
torque Nm
number of blades -
contact width mm
contact width of stick region mm
thickness of blade bearing m
angular spring stiffness Nm
b, c contribution of thrust, torque, and restltarce to friction -
displacement/amplitude m
eccentricity of pin m

modified fretting coefficient -
arbitrary steady state behaviour of a model -
wear depth mm
fretting coefficient -
blade section -
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oil stiffness N/m
length m
mass kg
shaft frequency 1/s
exponent for life time of a bearing -
number of voyages, days, years -
pressure Pa
stress per length N/m

r radius m

r radius of blade bearing m

r radius of blade carrier m

t time min
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A

F

M
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all
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c
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hd
hyd
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ratio of force and moment in radial part of blhearing

velocity

specific wear rate

internal state of friction model
coordinates

Greek variables:

angle of attack

contact angle in axial part of blade bearing

bulk oil modulus

Weibull shape factor
hydrodynamic pitch angle
angle around blade bearing
Weibull scale factor
friction coefficient

density

Stribeck coefficient
normal stress

tangential stress

pitch angle

Stribeck coefficient
natural frequency

Subscripts

Stribeck coefficients
advance

caused by force
caused by moment
mimo behaviour control
relative

allowable

the axial part of blade bearing
blade
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critical value

day
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th threshold

% viscous

voy voyage

y year

yoke yoke

- Superscripts

mean mean value

other other contacts in CPP besides blade bearing
reaction difference from mean value

tot total
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1. Introduction

The research presented in this thesis is a multi-disaiglinesearch of wear-
related phenomena in a controllable pitch propdl®?P). In this chapter, the main
topics of research, background and motivation for Wwk undertaken will be
presented. The chapter begins with a historical ogervof the main disciplines
involved in the research and continues with the mbtwaafor the work done.
Following this, the goal of the research is statedttegewith the main hypothesis and
research questions. This is followed by the methodoldghe work, and the main
contributions of the thesis.

1.1. Tribology

With a rising awareness of energy and ecology-relatedlems, energy efficiency will
become the number one topic in the twenty-first agntli is not only the efficient
utilization of a machine that is of growing concebut reliability and conservation
throughout the entire life cycle of technical syste@s.the one hand, increasing fuel
costs accentuate the need for higher performance etter lwontrol and for lower
friction and wear losses on the other hand. Evergtmran makes wears out, most
often due to the relative motion of interacting scefa

The word “tribology” comes from Greek wordgifw’, which means “to rub”, but also
“to wear out”. Throughout the centuries scientists andineers have been trying to
minimize the friction and wear losses. Perhaps the mostreti@psive and impressive
work on the history of tribology can be found in j&on, 1998]. However, not all
effects of friction and wear are negative. It isidiift to imagine everyday life without
friction, and the wearing process is essential in matwiag. Figure 1.1 shows an
Egyptian drawing of carpenters benefiting from weaad &iction by using a bow-drill.
Friction is used to rotate the drill, and the holenade by wearing the surface at a
required location.
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Figure 1.1: Egyptian carpenters drilling holes ichair. Source: [Dowson, 1998]

Even though tribology aspects had been noticed lguy anly recently have these
aspects been explained. For example, the beneficiabukéricants has long been
known, but the physical process which allows reduabiofiction and wear have been
explored only relatively recently [Reynolds, 188Bidividual and impressive studies
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have been done to explore the specific problemsecklet friction and wear, but the
various aspects of surface interaction call for a somewhaader overview. The
subject of tribology requires the contribution of igas specialists, including
physicists, chemists, material engineers, mathematicians,ameah engineers and
others. The multi-disciplinary nature of tribologyts strength and its weakness.

1.2. Wear

The most proper definition for engineering purposesndsfwear as damage to a
surface as a result of relative motion with respectntateer substance [Bayer, 1994].
This definition contains all essential elements. In thst place, this is due to the fact
that wear is not simply a loss of material from a surféices also damage of the
surface, which might exist without loss of material. &xample of this would be
hammering, which causes plastic deformation and therefuaage in geometry. The
development of cracks and the occurrence of a netebdtacks is a mode of wear
also included in this definition. This surface dameéges not mean any loss in material
or changes in geometry.

Older definitions define wear simply as a loss of mat¢Rabinowicz, 1965], due to
contact between two bodies. The more general deimibf wear as damage is very
natural. It views wear as a change that affects thorpeance of a certain part.
Furthermore, in older definitions wear is said to besed by the “relative motion of
two bodies in contact”. This type of defining weagiste limiting, since a surface can
wear as the result of interaction with other fluider Example, cavitation can cause
wear of propeller blades, which is typical in the marfield that is of interest in this
thesis.

It is interesting to consider what wear is not. Typicakhen some part cannot perform
due to rust or when it is broken, it is said that ‘flagt is worn out”. Reasons for this
might include corrosion or that the part is brokentwo pieces. These two failure
mechanisms are not included in the definition of tharyweorrosion because there is no
movement, and fracture because it is a body phenom&hencorrosion and fracture
failures together with wear are considered diffefaiftire mechanisms. This is further
outlined in Chapter 2.5. However, both corrosiord dracture can definitely be
elements of wear. This is because in a wearing situaiengcorrosive and fracture
elements can influence the wear and contribute toctimsequences. Generally, for
processes to be considered as wear, there has to be sfewce,s@lative motion and
mechanical aspects involved. However, it has been shbanmany physical and
chemical processes are also involved in wear phenomena.

After defining wear as damage to a surface, it is ingmbrto realize that wear is not a
material property, but a system property. More onesysapproach to wear and friction
can be found in [Czizhos, 1978]. Wear is influenbgdhumerous parameters, including
the type of contact, type of motion, surrounding winstances, type of lubricant, etc.
One material can be wear resistant with good lubdoatbut can have poor wear
behaviour if the lubrication is improper, if the pag material is changed, or if the
temperature changes. This leads to another importantdeaf wear. Transition points
in wear behaviour are very pronounced and make weae of a system response
rather than a material property. Typical transitiomfs in wear behaviour can occur in
the run-in periods or the initiation of a new wearchanism.
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1.3. Friction

Due to the necessary occurrence of movement, the coompgatm of wear is friction.
Friction and friction-induced phenomena has beerstitgect of research for centuries.
Leonardo da Vinci (1452-1519) was one of the fiosstudy friction (see Figure 1.2).
Following him, the important work of Guillaume Amontofi$63-1705) and Charles
August Coulomb (1736-1806) contributed to the undedsiey of friction. They all
observed the friction force to be proportional tadpas opposed to motion, and to be
independent from the (apparent) contact area. Aentlgcas 1950, Bowden and Tabor
[Bowden, 1950] gave a physical explanation for tmd #ound that the true contact
area is much smaller than the apparent contact area.cbntact is taking place at the
tops of the asperities and the area depends on thelrforoea This mechanism shows
the friction force to be dependant on the true @cintirea, and it is argued that all
friction dynamics takes place at these asperities. Isatielies show that friction forces
for macroscopic bodies occur due to forces on atomic rarclear levels, [Persson,
2000].

Figure 1.2 : Leonardo da Vinci's sketches from@uelex Atlanticus and the Codex Arundel illustrating
friction experiments. Source: www.tribology-abc.com

The research on this topic has been vast and theshteais continued to grow. Often in
mechanical systems, friction is considered an impedimantcthsts energy, and which
might induce undesirable phenomena, such as self-sustatichgslip. There is a wide
range of science and engineering disciplines interesté&tttion, including tribology,
mechanical engineering, acoustics, geophysics and seismélogrever, tribology is
probably the field with the most extensive researcHriation and tribologists study
friction-generated phenomena in terms of surface ictierg both on the macroscopic
and microscopic level. Other research fields are moterdasted in incorporating
friction as part of the entire dynamical system rathan studying the surface contacts
in detail. Lubrication engineers and design engingésrgo limit the friction in a
mechanical system by improving the system itself. Theytaryachieve this, for
instance, with better lubricants or a redesign ofdyem. In another field, control
engineers focus on the modification of the dynamics mechanical system by adding
a control loop in order to obtain a desirable, clotmap, behaviour. The applied
mathematicians and dynamics scientists are primarily ingetestthe analysis of the
nonlinear and discontinuous nature of dynamical systemgsalfriction.
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The increasing interest and research in the class ¢fotled mechanical systems with
friction is mainly due to the increasing demands fos¢heigh performance systems. In
controlled mechanical systems, friction severely detates the ideal of high
performance. In particular, the friction induced st side effects are increasing
tracking errors, large settling time, and stick slip itetoons.

1.4. Interaction of wear and friction

The usual impression is that friction and wear are almpsonymous and that high

friction equates to a high wear rate and that laatiém equates to a low wear rate.
Generally, this is incorrect. Teflon is an example Wwhias the ability to provide a low

coefficient of friction (u<0.1). However, the weate is much larger than in a system
using hardened steel, where the friction coefficisnmuch higher (u=0.2) [Bayer,

1994]. In this thesis, the same finding has been confir®ee Chapter 5.

Interaction between wear and friction is very inséirgy, as it can be seen that both
friction and wear are sensitive to the same parametershansame general types of
phenomena. This is frequently an aid when one is addgessear problems. For

instance, the monitoring of friction behaviour durimgear tests can aid in the

identification of wear transition. Wear can leadstarface modification, which can

influence friction by film formation or roughness chaagFriction can, through heating
effects, cause oxide formation, which in turn influenevear. Wear and friction must
be considered as related, but not equivalent, pheremmen

1.5. Controllable Pitch Propeller

The main purpose of any propulsion plant is to giveskecation and speed to a certain
ship. In all propulsion plants, the majority of proputsare screw propellers, although
there is a niche market for different types of propglseuch as waterjets. Over time,
propellers showed their reliability and efficiencydatiere is still no substitution for

them. Archimedes was perhaps one of the first to propmsege of screws to lift up

water. Much later, da Vinci included a screw in higtsk of a helicopter. The later
development of the propeller is associated with famousnssis such as Hooke,

Bernoulli and Euler [Carlton, 2007]. One of thestiapplications of a screw propeller
was in 1776 on the submarimartle by David Bushnell. See Figure 1.3.

Figure 1.3: Cross section of Bushnell's submariogl&. Source: www.britanica.com

13



In the first half of the 10 century, many authors (Francis Pettit Smith, JohosEdn,
Josef Ressel, etc) were granted patents for marinecappii of propellers. However, a
proper physical interpretation comes somewhat later Réhkin’s momentum theory
and Froude’s blade element theory.

One of the ways to gain better performance, speedratomhanoeuvrability and
efficiency is to use propellers where the blades ctate@round an axis normal to the
drive shaft. These are controllable pitch propell@BF) and the change in pitch is
actuated with additional machinery. In the first CiPthe blades were actuated
mechanically. The later demand for increased poweprmpulsion plants made
hydraulic systems necessary. A more detailed descripfithe CPP mechanism will
be given in Chapter 2.

1.6. Background and motivation

There are two main motivations for a more thorough rebkeaf wear and friction in a
CPP. The first one, the possibilities for more actitehpcontrol of a controllable pitch
propeller, has always been challenging. The ideahofla performance control system
has been investigated by numerous authors. Vrijdagynidfg, 2005], proposes the
use of high speed pitch control to limit the occureen€ cavitation. In [Grimmelius,
2001], it has been reported that it may be easiergpreas sea induced variations by
pitch control than by fuel rack control. Howevell,these good theories are uncertain
whether a more active and dynamic use of pitch coottoses excessive wear and the
end result of a total failure of a CPP system. Adddlty, in [Bakker, 2006], the
friction of a CPP was reported as one of the prablén achieving high performance
control.

The second motivation for this research was to bettderstand wear as a failure
mechanism of a CPP in real service conditions. Moreavéras been observed that
some CP propellers are in use for lengthy durationsowitany wear problems, while
other CP propellers show these problems. Please notth¢éhptesented thesis is not a
failure study of one specific case, but rather a geémevestigation of wear damage in a
CPP, even though it has some elements of a failure study.

Whether one wants to improve the propulsion system byotisehigh performance
control system or simply to get a better insight int@am@amage in a CPP, sooner or
later, one has to face the lack of knowledge aboed&rwmechanisms and friction
phenomena in a CPP, especially for real service tiondi Despite the fact that vast
amounts of work has been done on understanding thleseomena in general
applications, there is no adequate model that carrdepy and accurately used for
estimating the probability of wear occurring in a CFRis is not even to mention the
correlation of wear with real service conditions atatle geometry.

When examining previous experience, two wear situatioan be distinguished,
namely, sliding wear and fretting wear. While some wbas been done on sliding
wear [Barbey, 1982], there has not been much worle dom a fretting in a CPP.
Moreover, practical experience shows that frettingarwealthough ship is not
manoeuvring so frequently, can have very drastic &ffec the performance of a CPP.
All these topics will be elaborated on separately,ibvdhis chapter, the goal is only to
globally introduce the two main wear situations tHay @ role in this research, so that
the terms used in stating the hypothesis and questionsedlear.

Defining wear as a system property makes wear in a i@&® than just a material
problem. In order to tackle the problem of wear @RP, extensive and comprehensive
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multi-disciplinary research is undertaken. As a resultetter understanding of wear
and enlargement of the existing wear database fonmapplications will be achieved.
Furthermore, future propulsion control strategies caninvestigated with wear as
another constraint, making it possible to better estirtteereliability of a propulsion
system.

1.7. Goal

The main motivations for this thesis are to define tharweits for highly active pitch
control and explain the wear failures of a CPP. xananing the motivation and
background, the scope of this thesis can be formuiatedne goal:

- The goal is to gain a better understanding of wear fadure mechanism
of bearings in a CPP during service.

In examining the experience of the propeller's martufacs, one hypothesis can be
made. In some cases, it was stated that fretting wearauged excessive damage of
bearings in a CPP. A hypothesis can thus be made that:

- Fretting wear can cause ultimate failure of a CPP.

Raising the following questions should help to structbeework needed to reach the
goal:
- Why is it that some CPP’s suffer from quick and extensi@ar in the blade
bearing, while others work fine for ages?
- What is the allowable wear?
- What is the most dominant effect on wear in the bladeibg?
- Can fretting be detected by measuring the hydrauéisqure?
- How can the total wear in a CPP in real service itimmd be estimated?
- What is the influence of blade geometry and wake foel the wear of a
propeller?

1.8. Description and Methodology

In examining the goal, background, and motivationtfier work done, the focus of this
investigation is on the bearings of a CPP. Thus, thar wé blades, cavitation and

cracking of blades is not within the scope of thissth. In this investigation, wear will

be investigated as a loss of material in the contaet lzeeveen two bodies in relative
motion, (i.e. the blade foot and the blade carridrjother important characteristic is

that the investigation focused on real service camuti The main elements in any
wear investigation are load (pressure) in the cordeed, the type of motion in the

contact area, material-tribology aspects and surrogreffects. Figure 1.4 shows these
four elements and their interaction. At each inteoacts subject matter is described in
a concise manner. Later in this thesis, each of thesebavitliscussed in detail in a

separate chapter. At this point, it is important teeha broad overview of the research
and the interaction between different aspects o$tigect.
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Figure 1.4: Plan of the research.

— Hydrodynamics:

This aspect represents the loads in the bearings indycélde hydrodynamic forces
during service. It focuses on the equilibrium of Gwoab friction, hydrodynamic
spindle torque, and a non-actuating hydraulic readibrque. In Chapter 3.3, based on
the equilibrium, a coefficient describing the starfretting motion will be introduced.
The hydrodynamic aspects include measured values of,ttoteaie and spindle torque
during model tests in irregular seas. Using a slightlied#ht (approximated) fretting
coefficient, these experiments are systematically inyatsd in order to draw
conclusions on the occurrence of fretting motion iwiserconditions. However, within
the scope of this research, the focus is not on theolydamic nature of the forces
acting on the blade, but rather on the effect @s¢hforces on loads in bearings.
Therefore, the necessary calculations of hydrodynaanze$ are done using existing
software. In spite of the fact that the investigatechsuneements are only for one
specific ship, some general and somewhat surprising cometusiill be drawn.

- Dynamics:

The pitch change is normally caused by the actuagisgs, but small movements can
be caused by (too) high oscillations of the hydrodykdurices. The amount of motion
caused by the actuating system is more or less easyetonitee, and it depends on the
control characteristics. However, the motions causedth®y oscillation of the
hydrodynamic forces are much more difficult to determine

The dynamics aspect includes the modelling of frictionthe blade bearing and
implementing the selected models in a CPP model. In €hdpthe dynamics aspect
was investigated in order to estimate the small amplitifgi@ating motion in bearings
of a CPP during a revolution of a blade. This motacurs within the clearance of
bearings, and is caused by seaway and variations imake field. Two friction models
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are investigated, a dynamic and a static friction maaled together with experiments,
an attempt is made to quantify the parameters of frdighaviour.

In this part of the research, the goal was to acdyrastimate the motions inside a CPP
mechanism during service. Firstly, hydrodynamic loadsiémice loads in the bearings,
and secondly, they influence motions and vibrationslenghe bearings.

— Tribology:

The tribology aspect includes a set of wear experimemdstheir results. The focus is
on fretting and sliding wear experiments. Chapter &edicated to these experiments.
The main target is to evaluate the different matec@hbinations and their wear

coefficients (rates). In total, nine wear experimen&genone on four different test
setups. The loads and amplitudes of motions used in enxgr&s were obtained from

analysis done in Chapters 3 and 4.

— Environment and surrounding effect:

The environment or surrounding aspects refer to tfieeimce of the environment on
total wear behaviour in a CPP. More specificallys ithe influence of sea water on the
wear behaviour and lubrication. As no experiments veemee on this subject, this
aspect is presented only with a dashed line in Figji4re

— Total wear model:

This part combines all known factors that influence mieathe bearing of a CPP,
including loads, motions and wear coefficients. Workdarteken in Chapter 6
represents the synthesis of previous work, and invéssighe influence of the control
regime on wear in a CPP. All aspects must be conside@gmperly processed in
order to get the total wear model.

The research undertaken does not provide all theeassm the questions of wear and
wear related failures in a CPP, but in spite of thraglexity of wear process in the CPP
some answers will be given. Each of the above mentiaspécts deserves special
attention and further work. In this research the lehgk is twofold in that the work
must not oversimplify, but at the same time, it must n@adoo deeply into only one
aspect while neglecting others.

1.9. Main contribution of the thesis

With respect to the goal defined in Chapter 1.7effort has been made to gain a better
understanding of complex wear phenomena in a CPP.widitk done shows the
existence of several wear mechanisms and provides usetidliges in minimizing
wear in bearings. Furthermore, it expands the weaabdae with firm tribology
experiments and makes it possible to predict wear inrdufropeller designs.
Additionally, this research is an example for the nefe@ multi-disciplinary analysis in
order to understand a complex phenomenon.
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2. About CPP, failures, wear, and wear failures in a €P

The aim of this thesis is to understand wear in a CPPnasobits failure
mechanisms. Before focusing on wear, it is useful to gigeneral overview of a CPP
and failure mechanisms that can lead to the failuranyf component. This chapter
begins with an introduction to the concept of a todglable pitch propeller by
explaining its purpose, working principles, main paggegd historical overview of
development. In addition to wear, there are othasaes why a component can fail.
After presenting general failure mechanisms, the gereilates of a CPP and their
frequencies have been presented. In examining thepadis of a CPP, the importance
of a blade bearing becomes clear. This bearing is theepwhere two main
(conflicting) functions of a CPP meet. Main wear measias will be presented here as
an introduction to the wear experiments carried ou€hapter 5 of this thesis. At the
end of this chapter, wear situations and allowable wea blade bearing are discussed.

2.1. Advantages of Using a CPP

The main purpose of any propulsion plant is to giveskecation and speed to a certain
ship. One of the ways to gain better control, manilty, performance and
efficiency is to use a propeller with controllabléchi (CPP) instead of a propeller with
fixed pitch (FPP). The application of a diesel dnvexed pitch propeller has basically
only one variable to control the thrust, that is, nnenber of rpom. However, controlling
only the rpm does not allow the use of full powerlat@nditions that a ship can face.
The propulsion plant (engine, propeller, gear bdx) & optimized for the design
conditions as set out in curve 1 in Figure 2.1. Howethe operating conditions can
change. For example, the hull can get fouled orstiip might encounter heavy seas
causing the propeller load to increase from the desigwlitions, shown in curve 2 in
Figure 2.1. Furthermore, the resistance can reducexample due to reduced cargo,
causing the propeller curve to shift down, curve Bigure 2.1. In both cases, curves 2
and 3, the maximum engine power cannot be delivered.

_____ Proa ]
/ ’

engine
envelope

P dalivered

Y

Mprep

Figure 2.1: Design and off-design conditions ofgaiter load.
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For some other applications, such as fishing vessels, thecahihave more than one
operating condition. The difference in operatingqiaitions is even larger than the
difference between curves 1, 2, and 3 in Figure 2ot .ships that have more than one
operating condition and use FPP, the maximum powetbeatelivered for only one
operating condition.

It was natural to introduce the mechanical soluti@t &mables the full use of available
power. Such a solution was found in the controllgiieh propeller where the propeller
load can be changed for different pitch settings.ddwer, in applications where it was
not possible to change the direction of the rotatba propeller, the change of pitch
allowed the change of the direction of thrust. Theswery important when a turbine
was used instead of a diesel engine. The utilizatioa &fPP is very common and
widely used. Figure 2.2 shows examples of ships equipjibca CPP.
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Figure 2.2: Four ships equipped with a CPP, fropttobottom: ferry, small tanker, AHTS vessel, and
fishing vessel. Source: Wartsila internal photos
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On fishing vessels, a CPP is used to deliver full powehé propeller under different
operating conditions, including trawling and sailidggeneral cargo ship might use a
CPP to power the shaft generator. The shaft genanats a constant rpm and load
disturbances are suppressed by the pitch change, thbilgpm is kept constant. On
ferry vessels, a CPP is used to achieve better manoguand shorten the time
between harbours. By using two CPP shaft lines a f&arnyoperate without the tug’s
assistance. As a further example of different operaiomglitions, tug a (or AHTS) uses
a CPP to ensure full power for bollard thrust.

However, propellers are not all the same, as the spektbad they operate depends
upon the type of application. Figure 2.3 shows abkeladata of different CPP
applications as a function of load and ship speed. |d&e is expressed as a power
de2r15ity, the power delivered to the propeller dididéth the disc area of the propeller
(D°nl4).

2.2. Assembly of a CPP

The two main functions of a CPP are to:

- Give thrust to the ship (from delivered torque); and
- Change the pitch.

There is a natural conflict of interest between thasefunctions. The transmission of
(huge) thrust and torque requires a large force icayrgapacity, which means very
large parts such as blade carriers and blade bearingbe®ther hand, the mechanism
to change the pitch also requires a certain amouspate in the hub. However, the
hydrodynamic performance of the propeller is influehby the hub size, wherein a
larger hub is less efficient than a smaller hub for shene diameter. The main
guidelines for selection of an appropriate hub sizegiven in [Wind, 1978], and for
more details the reader is referred to that paper.

Roughly speaking, the entire system of a controllgiileh propeller can be split into
two parts, the rotating and stationary. The rotapiag rotates around the shaft axis and
consists of the CPP mechanism and shaft (with pipes inditbest. of the rotating part
is placed outside the ship, while the stationary aplaced inside the ship. It consists
of the hydraulics and controls. Figure 2.4 shows the& mamponents of a CPP system.
In general, the rotating part of the system is latygavy, and simple, while the
stationary is small(er), light, and has more parts.

Most of the rotating part of a CPP is shown in Figai& It is a Wartsila C type CPP,
which is a result of years of experience and engingefihis hub is replaced with a
better and more powerful E hub, but the main compenemain the same.

The yoke has a function of a hydraulic piston and mhoved by the hydraulic pressure
difference in linear direction along the shaft lifide sliding block is an intermediate
part between the yoke and actuating pin. When pgchctuated, the sliding block
slides in the slot of the yoke and it converts thealinaotion of a yoke to the rotating
motion of a blade carrier. The actuating pin is d pathe blade carrier.
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Figure 2.5: Assembly of a CP propeller. Source: téflarinternal image

The blade carrier together with the blade foot aot forms a blade bearing. This
bearing is very important in CPP design. The importarficbe blade bearing reflects in
being exposed to the hydrodynamic loads stemming frombebdand actuating loads
stemming from the hydraulic system. This is the bearingevtiee two main functions

of a CPP meet. The size of the blade bearing haseandaing influence on the entire
hub size. In addition to the strength/fatigue craea blade bearing has to fulfil the
wear criteria, as well. It must be able to withstareldbsired number of pitch changes.
In this thesis, the wear of a blade bearing is the nogiic. A blade bearing of a CPP
has a radial and axial part, the radial part hasnaeriand outer side. For minimizing
wear in a blade bearing, the integral part is thélseaveen the blade foot and hub. In
addition to preventing any water from coming in, tesal is also important for

environmental reasons, as it prevents any oil from lga&irtside of the hub into the
sea. As shown, there are other parts, including bohghaare very important in the

construction of a hub. However, for this thesis, theyreot the main topic.
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Figure 2.6: Hydraulic scheme of a CPP. Source: $llarinternal image

In order to change the pitch, a hydraulic pressure ipeistupplied. Figure 2.6 shows
the simplified hydraulic scheme of a modern CPP. A hyldrgpower pack supplies the
system with a pressures(@nd flow (Q). Proportional valve is governed by the control
system and together they control the pitch. Largestesys have two proportional
valves. The oil distribution (OD) box takes care & tonnection between the rotating
shaft and stationary (oil supply) pipes. The counterbzd valve (CBV) fixes the pitch
position in the case of hydraulic power loss and alldefgressurization. There are two
regimes in which CPP operates, namely when pitch clsafagéuating) and when pitch
is constant (non-actuating). When pitch does not dahatige proportional valve and
CBYV are closed allowing the system to depressurizetlardfore, no hydraulic power
is needed.

2.3. Materials used for CPP’s

Optimum material should provide strength, ductility dratture toughness. It should
be resistant to fatigue, corrosion fatigue and wearaddition, it should be easy to
manufacture with low residual stresses, easy to repdiatneasonable cost. The two
most common types of materials used for CPP are steel aqpkreoased alloys.
Copper- based alloys such as nickel-aluminium bromme manganese-aluminium
bronze are moderate in their melting temperature launsl ¢asier to produce, lower cost,
and easier to machine. Additionally, bronze has gaodbsion resistance and it is easy
to repair. Chromium-molybdenum steel alloys and stairdtesd are attractive for their
higher strength, but they have several weak spotseassihof cracking increases with
size. There is a need for heat treatment for stres§, mdiasitivity to fatigue, and pitting
corrosion.

Cast Ni-Al bronze is the best and most common solutiorhditxs and blades. Blade
carriers carry large loads and they require the usggbfstrength alloys such as Mn-Al
bronze and Cr-Mo steel. Selection of blade bolts isedbased on strength and
corrosion resistance, but also on fatigue and corro$atigue resistance. Most
frequently, the material for blade bolts is stainlesslst&hen combining two different
metals, it is always advisable to check their galvanmpatibility. For example, a low
alloy high strength steel and Ni-Al bronze is not adyjoombination.
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The nickel-aluminium bronze is often called CuNiAt fts first letters. The two most
common material combinations used in blade bearing altACand Mn-Al bronze,
or CuNiAl with 42CrMo4 steel.

2.4. Historical overview of development of a CPP

The first CPP mechanisms were developed at the begimfithe twentieth century
with the production of mechanically actuated bladgsice then, designers have
improved the performance of CPPs, which resulted inpasts, increased reliability,
and higher power. A historical overview of the deyshent of the CPP with a special
emphasis on the former Lips (now Wartsila) propellers asfellows:

- 1st generation controllable pitch propeller 1955 < BAW
split hub, grease lubricated
mechanical pitch actuation
mechanical pitch feedback
- 2nd generation controllable pitch propellers 1962 41 MW
integral hub, oil lubricated
mechanical pitch actuation
mechanical pitch feedback
- 3rd generation controllable pitch propellers 1972 331W
integral hub, oil lubricated
hydraulic pitch actuation
mechanical pitch feedback
emergency actuating piston
- 4th generation controllable pitch propellers 1983 (Gub) no power limit
integral hub, oil lubricated
hydraulic pitch actuation
optional electrical pitch feedback
maximum power applied 43 MW, largest size 2.8 m hub dieamet
- 5th generation controllable pitch propeller 1989 (®S hub)
integral hub, oil lubricated
wearing plates, hub replacement behind the ship
hydraulic pitch actuation
mechanical pitch feedback
- 6th generation controllable pitch propellers 1995 (Dhub)
integral hub, with integrated hub cover
hydraulic pitch actuation
mechanical pitch feedback
- 7" generation controllable pitch propellers 2002 (E hh)
Integral hub, smaller hub, high strength
No wearing plates, double lip blade foot seal

The mechanical actuated blades were a convenientasplas most of the mechanism
was inside the ship and the pitch was changed via ukbk-pull rod. This allowed a
smaller hub size, but loads on push-pull rods were thigifig factor. It was quickly
realized that grease lubrication was not sufficient éasuring low wear rates of
mechanical parts.
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The later demand for increased power in propulsi@mtpl made hydraulic actuating
systems necessary. By introducing a hydraulic systeamithubrication was a natural
choice, as the same oil is used for the lubricationtgmblaulics. This ensured lower
wear rates and lower actuation loads. For a while;hangical wearing plates were
placed in the blade bearing, between the bladeecand the hub. This was a good
option for the maintenance and overhaul of a CPPinbsome cases, plates broke and
caused complete failure of the CPP. In the moderre-sfate-art designs of a CPP,
there is no wearing plate and special care is takbélade foot seals.

The pitch feedback system is essential for proper gibetrol. Without it, the control
of pitch is not possible. A mechanical pitch feedbaas weplaced by an electrical
feedback signal to improve the overall performanca GPP.

For the design of CPP hub a modular approach was eglaght from early days. The
hub was designed for a generic set of requirementdbkiitar a wide range of vessels.
The hub design as a concept was than fixed and hubvage&aried such that a power
range could be covered. It could be argued thahtitredesign should be optimized for
each ship application. Nevertheless, logistical reaore production of controllable
pitch propellers necessitate the need for these mostaladards.

2.5. Failure mechanisms

In the study of any failure, one must consider a brgaectrum of possibilities or
reasons for the occurrence. Often a large number atbria which are frequently
interrelated, must be understood to determine the calugailure or to prevent it
[Wulpi, 1999]. The term “failure” means the inabilioy a part to perform its intended
function for any reason.

Failure mechanisms
¥ ¥ ¥
Surface Ctherz (Fouling...) Body
1
#{ Corrosion
@ CoOrrosion
» Fracture
Wear
o - Abrazive . .
- Adbesive - Distortion
- Fatigue
# Thermal

Figure 2.7: Principle types of failure mechanisms

At this point, one should make a clear division betwgenfollowing terms: failure
cause, failure mechanism and failure mode. As state@rimmelius, 2005], a “failure
cause identifies the source of the failure”. This mefmmsnstance, the wrong design or
wrong thermal preparation of the metal, poor mainteaaatc. A “failure mechanism
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is the process that leads to a failure mode”, for exaraplasive wear or brittle
fracture. A “failure mode is a physical phenomenon clwhresults in loss of
functionality”, for example the part is worn out aoken.

Figure 2.7 shows a hierarchical tree of the princtgfges of failure mechanisms. A
failure can occur on the surface of a part or it bara phenomenon that involves the
entire body of a part. Frequently, it is a combinatid both. Failure mechanisms that
involve the entire body can be divided into distmrtifracture, corrosion, and thermal
failure mechanisms. Failure mechanisms that involve theacurbf a part can be
divided into wear and corrosion related mechanisms.

2.5.1 Body failure mechanisms

Body failure mechanisms can lead to a deformation ipesttd the body or to the
breaking of a part.

— Distortion:

Distortion failures involve the change in shape andipe of a part. They are plastic
deformations of a part and they can be time dependarindependent. Typical
distortion failure mechanisms are creep, yield, and lmgkCreep is a typical example
of a time dependant strain occurring under stressalpisenomenon that occurs over a
considerable time and the temperature may have a smmifinfluence. On the other
hand, yield is a distortion failure mechanism that isatterized by a short duration
and results in stretching, twisting and bending assaltref the stress exceeding the
yield strength. Buckling is a form of distortion sinnita yield, the difference being that
it is due to instability caused by compressive stress, wliteally yield is associated
to tensile stress.

- Fracture:

The most drastic type of failure is when a part breakghe highest level, there are
two modes in which a material can fail by fractuneder single load or under repeated
cycle load.

— Single load fracture:

A single load fracture can be ductile or brittle eTdifference is caused by the crystal
structure of the material. The terms “brittle” and “tle¢ are used here to describe the
extremes of metal behaviour during a single load. Tterses are opposites, like black
and white. For many parts, it is desirable to have sgneg” colour.

A ductile fracture results from the application ofextessive force to a metal that has
the ability to deform permanently, or plastically,gorio the fracture. The characteristic
look of the surface of a ductile fracture is dull ditdous.

A Dbrittle fracture occurs suddenly and without anyaspic deformation. The
characteristic look of the metal surface of britticture is bright.

However, several factors determine whether a metélbeiiave in a ductile or brittle
manner. For example, a material can be ductile at reonperature, but it becomes
brittle at sub-zero temperatures. For some materials, ttansition is sharper than
others. The factors and general trends that affectdtintile-brittle relationship are
summarized in Table 2.1.
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Table 2.1 Factors affecting brittle-ductile relasbip. For example, at higher temperature a fradtas
ductile trend, at higher stress concentration etdira has brittle trend, etc.

Trend

Factor ) .

Ductile Brittle
Temperature Higher Lower
Rate of loading Lower Higher
Geometry No stress concentration Stress concentration
Size Smaller or thinner Larger or thicker
Strength of metal Lower Higher

— Fatigue fracture:

Repeated cycle fractures or fatigue fractures areergdy considered the most
dangerous type of fractures, because they occur mmaloservice without any
overloads. The fracture occurs after repeated otuidling stresses having a maximum
value less than the critical strength of a materiakrétare 3 stages in fatigue fracture:

Stage 1: Initiation: (sub) microscopic initiation ofr@ack occurs;

Stage 2: Propagation: the cracks grow and intersect;

Stage 3: Final rupture: propagation of cracks comsnand the cross-sectional area is
reduced until final fracture occurs;

The surface of a repeated cycle fracture is chaiaeterby lines that follow the
progression of the crack.

— Corrosion:

Corrosion is a natural process that tries to reversehtmical action of the refining

process. It is a chemical or electrochemical reactioa wfetal with the environment.
Although corrosion failure usually is not a catastropbme, it will often cause body
and surface changes, and therefore it is placed im thet body and surface failure
mechanisms. Research carried out on the cost of corrasmrcorrosion prevention

shows a value of up to 4.2% of GNP in the UnitedeStgEtachowiak, 2005]. These
numbers may not be completely accurate, but they suggestnormous cost of

corrosion.

The subject of corrosion is extremely complex. A sligiinge in metal selection or
environment may have a large influence on corros@otrosion must be considered in
every failure analysis due to its influence on mangténee and/or wear mechanisms.
Therefore, in Figure 2.7, corrosion is placed in bfatitures that involve the entire

body, and those that are constrained to the surfez@art.

— Thermal failures:

Due to the fact that they interact with other feelunechanisms, thermal failures are
perhaps the most complex type of body failures. Withridesof temperature, the life of
the material is limited, whether under a static oricyldad. However, a part can fall
only due to cyclic thermal stressing. This failure medranis known as thermal
fatigue. Thermal fatigue is a mechanism that causes draths body due to repetitive
changes in temperature when there is not necessarilgpghied external force.
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2.5.2 Surface failure mechanisms

In Chapter 1.2, wear was defined as the damage tofaceuwass a result of relative
motion with respect to another substance. A furtherhgms even more important
feature of wear is that it is a system property andanogterial property. In Figure 2.7,
corrosion is on the level of wear in failure mechanisings different because it does
not directly result in the loss of material, and becatudeesn’t necessarily include any
motion, but damages the surface. Instead, a surfaceftayes by corrosion (e.g. iron
oxide) and wear occurs by one of three other meshemiHowever, the wear rate is
influenced and may even be controlled by corrosftects.

There are three ways in which wear can be class#idiist classification can be made
in terms of the physical mechanism of removing the matérezins such as abrasion,
adhesion and corrosive wear are examples of this claggific A second classification
is by the appearance of the wear scar. Terms usedsircdkegory include pitted,
spalled, scratched, polished, crazed, etc. A thiabsification is in terms of the
circumstances that surround the process of wear or byildlagahe situation in which
the body is wearing. For this classification phrases lysuséd are lubricated wear, un-
lubricated, sliding, rolling, impact, etc.

The first classification in terms of physical mechanismsl&ed to the way material is
removed. Terms usually related with physical mechanisms e#r vare adhesive,
abrasive, and repeated cycle wear. Adhesive wearoudien two surfaces come into
contact and when they adhere to each other. As tviac&s move, wear occurs by one
surface pulling material from the other one. Abrasiveamoccurs by protuberance
(particles thrusting out from a surface), which pregdu@ groove or a scratch. The
generic view of repeated cycle wear is that crackgvgmnd link to form a loss particle.
The usefulness of a classification with respect to thsipal mechanism would be in
guiding the engineer to use proper models to prededrwife and to identify the
significance of certain material parameters to the w@ace the physical mechanism is
known, the significance of each parameter can easitjetermined in an experiment.
The second classification in terms of appearance cam @oimparing wear situations.
This can be illustrated in the wear of gears. “Scgffiis a term used to describe the
appearance of scars produced by sliding with poordation. With gears, different
portions of the tooth contact area experience diffetypes of motion. Near the pitch
line, it should be pure rolling and in moving outthar, sliding will occur. If scuffing is
observed near the pitch line, this indicates thairgjidccurs at the wrong place and
that there may be some problems with alignment. Furibie, the presence of scuffing
may point to a problem of poor lubrication or that thcorrect lubricant is being used.
These observations can guide an engineer to resolyedhiem.

The third type of classification is potentially the maseful for common engineering
practice. It describes a wear situation in terms migththat can be influenced directly
by engineers. By giving the description of condiipa specific list of rules can be
identified and used.

Generally, wear is described from these three pointgesf. But there is no unique
classification. Additionally, some terms such as scuffing loe used to describe several
phenomena. One author may use this term to describeppigarance on the surface
while another author can use it to describe adhesear,vand a third may use it to
describe a sliding process. The conclusion is that dieestsiins are not equivalent nor
are interrelations simple, unique or direct. Thereranmerous ways that material can
experience wear and numerous factors have influenceeam. At this point, with
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knowledge from tribology, it is not possible to deterenia complete connection
between operating conditions, wear mechanism and appmar

2.6. Failures of CPP’s

A controllable pitch propeller is a highly loadedstsgm that works in a harsh
environment. However, the demand for reliability @mdiurance is larger than in many
other applications. A ship cannot sail without a phepend repair of a propeller takes
a long time and is costly. This means that a ship has to g dry dock and it cannot
make money. A normal overhaul period for a CPP is y®ars and a CPP must work
properly between two overhauls.

One of most comprehensive investigations done on faikfresCPP, and maybe the
most relevant for this investigation, was done in thib8ga case [Barbey, 1982]. In this
case, a drastic type of failure occurred, wherebplatie bolts broke and all blades fell
off. The report includes a material investigationolabory experiments, and on-board
measurements of propeller/blade loads. It was conclutkditte CPP failed due to
overloading during manoeuvring and crash stop test $t@ping the ship at full speed
ahead). Luckily, these kinds of failures in the meat&lnassembly do not happen
frequently, but when happening, they are very drasti

The always present need for larger and stronger peopddrings new challenges and
higher failure rates for propellers with higher powkr a highly loaded and new
(larger) installation, problems such as fatigue crackinghe blade carrier, broken
blade bolts, cracking in the actuating pin, and wedne bearings, may be related to an
incorrect estimate of the cyclic loadings. With ina@é experience in designing, the
failure rate of a CPP mechanism decreased. Although seraus failures have been
considered to be the designer’s fault (overstressed awnfx), the majority could
have been avoided with a better selection of maseffde hydrodynamic advantage of
a stronger material is very attractive (smaller hub thimther blades), but poor fatigue
properties make strong material not the best solutiomafpropeller. For example,
stainless steel has higher yield strength than a brolhag &owever, the fatigue
properties of stainless steel and its notch sensitivityenbainze the preferred material
for marine propellers. More frequently, the problemat thllegedly were related to
selected materials are actually due to bad produatasting and machining.

Additional problems in the CPP mechanism can be causegoby sealing. Even
though oil pressures in the hub are above the suriogingater pressure, the intrusion
of sea water is not uncommon. If the sea water intrutkesa CPP mechanism, the
lubrication will deteriorate and friction in thestgm will increase. This will cause high
actuating loads and eventually the cracking of tteaing pin. With respect to wear,
sea water or a water-oil mixture cause corrosion dkpaccelerates wear, introduces
transition in wear behaviour and tribo-corrosion, aadses corrosion-fatigue cracking.
A list of possible failures is not limited to this, butjorgprocesses that influence wear
in blade bearings and leads to progressive deteriarat®listed above.

In order to illustrate different types of failures amadiability of a CPP, the available
service records have been investigated for a flesihafar ships with similar operating
conditions and all are equipped with a CPP. Thestigated ships belong to a series of
general cargo vessels, they are similar in size and spaddheir controllable pitch
propellers have similar power density.

In order to have a better overview of situation, thiures have been listed in three
groups as mechanical, hydraulic and electrical. Thentyjof failures were electrical-
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related failures. Figure 2.8 illustrates differentugye of failure as a function of years in
operation.
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Figure 2.8: Different failures of CPP’s as a fuantdf years in service. In total: 17 mechanical, 7
hydraulic, and 59 electrical-related failures.

The electrical failures included all failures of ¢fecand control equipment, including
potential meters, and broken wires. As such, electi@laires also included problems
related to the proper adjusting of control settir{ge, the software of control system).
The hydraulic failures were least frequent, and th&t wajority is related to OD box
failures. The failures of mechanical assembly of a CPR we most interesting for
this investigation. There were no records of the wekated failure of blade bearings,
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or any other metal part if a CPP mechanism was in thehut approximately half the
recorded mechanical failures were related to the igetle blade bearing. The other
half of mechanical failures was related mostly to thét &earings.

2.7. The investigated CPP

One CPP is in the focus of this thesis and in thevetig text it is referred to as the
investigated case or the investigated CPP. The ina¢stigCPP was reported to fail
due to significant fretting damage in the blade IeariThis thesis is not a failure
analysis and as such, does not attempt to validate gheted failure. The thesis treats
wear in the blade bearing of a CPP as a general opimmon. However, the
investigated case has been selected as a subject dsartwiguing failure. The goal
here is to introduce the investigated case as the csubjefollowing analysis. The
investigated CPP is a very large propeller, andplased on a 216 m container vessel
with 25 knots design speed which is not included inath@lysis done in Chapter 2.6.
The main data of the propeller is as follows:

Maximum power: 25020 kw

Rotation speed: 95 rpm
Diameter: 7.0 m
Hub diameter: 2.0 m

After the damage occurred, investigation has led ro effective repair of the
installation.

2.8. Wear mechanisms

The wear mechanism can be thought of as a materialdarilechanism occurring at or
near the surface. Major wear mechanisms include adhesiwasion, and repeated
cycle wear. At this point, a short description of eeategory of wear will be given and
following that, it will be dealt with in more detaiFigure 2.9 illustrates three major
wear mechanisms:

- The adhesive wear occurs when two surfaces come amiact and adhere to each
other. As two surfaces move, wear occurs by one surfalliegomaterial from the
other one.

- The abrasive wear occurs by protuberance (partiblessting out from a surface),
which produces a groove or a scratch.

- The generic view of repeated cycle wear is thatks grow and link to form a loss
particle.

Some authors have defined even more types of wear a=mltypear mechanisms
[Raboniwicz, 1965]. Over time, with increased knadge, it was found that these
mechanisms can be explained with the other three. Yamme, fretting which was
thought of as a uniqgue mechanism, in the beginningsobacurrence is caused most
probably by adhesive wear, and the resulting debtismam abrasive wear mechanism.
Furthermore, repeated cycle wear contributes to mdkatting a complex, rather than
a single wear mechanism.
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Figure 2.9: Three major wear mechanisms

The main difference between abrasive and adhesive ameane side and fatigue wear
on the other side is that first two wear mechanismasseciated with a single action,
while the fatigue mechanism requires more than one .cigake important to note that
normally in any actual situation more than one mechangnnvolved. So, this
classification for wear mechanisms is not a classificatmnwear situations. The
simultaneity of these basic mechanisms is the key detertmohavear behaviour. The
classification in three modes as presented here iswaysicomplete or undisputed. In
the following text, each wear mechanism is explaimechore detail. Fretting wear, due
to its relevance for this thesis, is also explained ritnér detail.

2.8.1 Adhesive wear

There are two levels of the nature of interactiotwien junctions, namely asperity and
atomic level. At the asperity level, the deformatioas be plastic and elastic. At the
atomic level, the interaction in junctions is dictatedthe inter-atomic forces. These
forces are the most dominant in the adhesive wear. Meeof one material interact
in a different way with different types of materialSimilar materials tend to bond
easier than dissimilar materials. That is why the seleaifanaterial is crucial for the
reduction of adhesive wear. Another way of redudmgr atomic forces between two
materials in contact is to use a lubricant.

Actual surfaces, no matter how smooth they are, always same roughness. Thus,
the real physical contact takes places only at fewsspbihese spots are called
junctions. The sum of all junctions is called the reabaof contact. The fundamental
physical models for adhesive wear are usually baseleoreal area, while engineering
models are based on the apparent area of contacint@rpretation of Archard’'s
equation, see [Archard, 1953], for adhesive wear [marfound in [Bayer, 1994]: a
proposed model for wear volume (V) lost by adhesive weoiased on normal force
(F), hardness (H), wear coefficient (K) and slidingtaince (S):

V:KE—IHE[S (2.1)
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The main feature of this equation is the dimengsslwear coefficient K. The same
source gives the possible values of the coefficieheé two most influential parameters
on the value of K are the existence of lubricatonl the type of materials in contact. If
the materials are the same, and if there is nadation, the value for K can increase to
0.2, higher than for any other mechanism. On tiherohand, for a pair of dissimilar
materials with lubrication, the coefficient can dease to 9E-8. Additionally, the author
states the coefficient K to be load dependant. ke the number of junctions and
the real contact area also depend upon load.

2.8.2 Abrasive wear

Abrasive wear mechanisms are generally considerdzetany mechanism by which
hard asperities cause damage in a single actiamdamage they produce may be in the
form of deformation or in the form of material revab Terms like “plowing” and
“scratching” are often used to describe certairesypf abrasive wear. The first one
means surface damage and the latter means maégniaval.

With abrasive wear, there are three possible cosiaations, as illustrated in Figure
2.10. The first situation is when asperities of meface are pressed into another
surface. This is often called two-body abrasioringj sanding and grinding are
examples of two-body abrasion. The second coniagt®n is when hard particles are
trapped between two surfaces. This is often cdleee-body abrasion. An example of
this is polishing. A third contact situation is whieard particles directly hit the surface.
The patrticles that are hitting the surface aredmes stream of fluid. This is called
erosion. Some authors classify erosion as a diffenear mechanism, but it can be
viewed as a sum of single abrasive wear mechanisms.

—»

—

N J &9

Twvo-biochy Three-hoddy Erosion ahrasion
abraszion akirasion

Figure 2.10: The types of abrasive wear

The equation that generally describes two- andetbaely abrasion can be developed
from the wear produced by a single grain. As sdiccurs, a grain produces a groove
of volume equal to the cross section area, timesdibtance of sliding. One of the
proposed models in [Bayer, 1994] for abrasive weadentical to the adhesive wear
model in Equation (2.1).

However, the values for K are different and thexens to be three different trends. The
first trend is that the two-body abrasion has highalues for K than three-body
abrasion. This is because in the three-body stinathe grain is free and therefore does
not always cause wear. The second trend is that Wigegrains are larger, the value of
K is larger, as well. The third trend is in the t@a of lubrication. an increase in
abrasive wear in lubricated systems is explainedhiyfact that the lubricant flushes
the wear debris.

Despite the fact that the hardness is mentiondmih, the adhesive and abrasive wear
mechanisms, its influence is somewhat differentadthesive, the similarity of the
materials is much more important, while in abrasthe “similarity” of hardness is the
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determining influence. When the hardness of twoenms in contact is similar, the
wear decreases, sometimes even dramatically. S@mera advice is to not have
hardness differences larger than 10%.

2.8.3 Fatigue wear

Fatigue wear occurs as a result of cyclic motiotwben two bodies in contact at the
surface or just below the surface. The exact looawill depend upon the location of
maximal stress, which again depends on the typ®mtact. Fatigue wear is somewhat
similar to fatigue failure fracture. There are thetages of repeated cycle wear that can
be recognized, including incubation period (no ksjcformation of cracks (first cracks
appear but no material loss), and loss of matéstakcks grow and connect causing the
loss of material). During cyclic stressing, crapkspagate creating a network of cracks
which then produces the small particles (or flakba} are easy to remove. For rolling
situations, there is a generally accepted empirekdtionship between the load and
number of revolutions defining the incubating pdridhe general form of the relation
is:

N,F' =N,F; (2.2)

WhereN, is a number of cycles during the incubation pefmdapplied force | and

N, for applied force i The exponent n has a value that is dictated byctintact
situation. For point contact, such as at the balrimg, its value is 3 and for line
contact, such as roller bearing, it is 10/3. Theree been many studies done on the life
of rolling bearings [Zaretsky, 2000], and the gah@onclusion is that bearing lives
limited by fatigue mechanisms are generally viewéatistically, and usually on the
basis of Weibull distribution.

2.8.4 Fretting wear

Even though fretting wear can only be considereda asombination of the above
mentioned mechanisms, fretting wear will be invggged here in more detail due to its
importance for this thesis. Fretting wear is a @meanon that can occur between two
surfaces which have a relative oscillatory motiérsmall amplitude, typically smaller
than 1 mm. Usually, the motion is caused by vibratiof the machinery. The fretting
wear can occur at the part of the contact eveheifet is no gross sliding between two
bodies. There are many practical situations (flangeets, couplings) in which fretting
can be a problem. Typically, the static joints sabgd to vibrations can suffer from
fretting.

Fretting wear appears to follow a certain sequefaestly, the mechanical actions
(vibrations) remove the protective oxide layer axgose the clean and highly reactive
metal surface to the environment. This clean sarfadl then oxidize and vibrations
will again remove this new oxide layer. The remowedle particles may be trapped in
the contact and they can introduce abrasive wezause of their higher hardness. The
oxide debris made by fretting wear can either esdegm the contact or pile up in the
contact. If they escape from contact, the contacbmes looser, which means larger
vibrations and the increase in wear rate can beagg. If the oxide debris is unable to
escape, it can lead to the seizure of the partemtact. Obviously, the first situation is
more dangerous for static joins, while the secanaon is more dangerous for parts
which are designed to slide or rotate with smahchnce such as blade bearings.
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The process of entrapment is explained in [Stachlow?005]. One of the special
features of fretting wear is the large overlap festw fretting amplitude and contact
area. For fretting, the amplitude of motion is derathan the contact length. This
results in part of the contact being constantlyected. Within this covered zone, the
worn debris remains entrapped. Figure 2.11 shoesctémcept of overlap for fretting
wear and sliding wear.

Amplitude of
Length of the body  fretting mation
[contact)

P Amplitude of sliding
Ovverlap, corstanthy
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miation
covered part of contact %

“ -

|
! i
! i
l !

e i
Fretting Sliding

Figure 2.11: Concept of overlap in fretting

Fretting wear can occur even without a gross sfifpadies in contact. In certain
circumstances only a part of the contact can ekBiip while the rest of the contact
exhibits no motion. The concept of partial sliplveié explained as in [Williams, 1994],
for further details the reader is referred to tieference. Figure 2.12 shows the contact
situation between two cylinders with parallel axigh the length (L). In this situation,
normal force (F) and tangential force (Q) are agapto the contact and there is no gross
slip (Q<uF). The normal load causes Hertzian stdestsibution 6), which results in
limiting friction stress determined by the frictionefficient (W):

T=plo (2.3)

The tangential stress caused by the tangential forcdad®)n inverse semi-elliptical
shape:

1) = —2— (2.4)
alm1- >
a

It was realized in [Mindlin, 1953] that the no-shpodel does not correspond to the real
situation. It was proposed that slip would occurevever the calculated tangential
stress €) would exceed the limiting frictional stress)( thus causing the partial slip.
The tangential stress (x)) rises from some finite value at the middletiod contact up
to an infinite value at the edges. However, inrdggon of slip (b<x<a), it was reasoned
that the real value of tangential stress is n@dathan the limiting frictional stress’)
While in the stick region (x<b) it was argued ttieg tangential stress is equal tb ),

the limiting frictional stress minus the tangenstiess caused by force (Q). Sliding in
the contact will occur when the tangential forcg ¢@ercomes the friction force (UF).
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Figure 2.12: Normal and tangential stress distitloutor Hertzian contact

The stick and slip regions were confirmed experi@gn in the ball against flat
experiments, the largest wear was found in theoregf maximal tangential stress.

In summation, three different sliding contact ditmas can exist, namely no slip, partial
slip, and gross slip. The fretting wear can be edusy any of these. It is expected
[Bayer, 1994] that the partial slip has a much lowear rate than the gross slip,
sometimes to a factor of ten.

2.9. Wear behaviour

The wear behaviour of a material is a complex phesren and it involves properties
of materials (chemical, physical, mechanical, trerretc), operational circumstances
(speed, load, temperature, lubrication, etc), ag&lgth characteristics (rolling, sliding,
material pair, etc). Wear is usually plotted in foem of a graph as a function of time,
distance, number of cycles and/or some other paeasguch as hardness, temperature,
etc. Whichever presentation is used, the desighémaking for transition points, the
point where the wear behaviour changes signifigantVear behaviour is usually
represented by the wear rate, a coefficient dasgritow much volume will be lost for
a certain amount of motion and load applied. TrecEie wear rate (w) is expressed in
mm3/Nm. There are other representations; howevisr dhe best suits the above
mentioned definition.

Vv
W=——1 2.5
FLB (25)

One of typical transitions in wear behaviour is the-in transition. When two new
parts start running against each other, the iniédr rate is quite high. This period of
high wear rate is known as the run-in period. Hosvewas the surfaces become
smoother and the largest asperities are flattehedyear rate decreases and mild wear
behaviour occurs. Figure 2.13 shows the typical rwehaviour over the life of a
component. The run-in period is followed by the lawar rate regime. This regime is
maintained through the operational life of a comganWhen the fatigue processes and
repeated cycle wear becomes dominant, the wearisa® again and this rise usually
marks the end of life of a component.
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Figure 2.13: Transitions in wear behaviour as &ftion of time or sliding distance

It is interesting to consider how the interactidrtwo wear mechanisms can influence
the total wear behaviour. There are two ways inciWhie wear mechanisms can
interact. The first one is when they occur paratleéach other. In this case, the overall
wear behaviour is the sum of those two. For examplsliding wear, the damage can
be made by both abrasive and fatigue wear. Theuokame lost is therefore:

Vg =V

+V (2.6)

total abrasive fatigue
The second type of interaction between wear meshaniis when individual

mechanisms interact in a sequential fashion, givieg to each another. Fatigue wear
can cause the formation of cracks, which will iree abrasive wear. Mathematically,
the wear may be described by the equation for aleramear, where the wear

coefficient is now dependent upon fatigue pararseter

) s 2.7)

fatigue H

V., =KV

total

An additional overall observation can be made wéspect to the selection of material
combination based on their wear behaviour. Supplose are two combinations of
materials in contact; material A in contact withtereal B with superior wear properties
in conditions p<pica, but not very robust, (i.e. very sensitive to theamge in
parameter p), and the combination of material Aantact with material C which does
not have characteristics as good as the combindtiamd B with respect to design
parameters, but it is very robust against parangeteigure 2.14 shows the wear rate of
material combinations A and B and A and C as atfancof parameter p. In this
example, parameter p can be the percentage of st im the lubrication of a CPP.
The material A can be some Ni-Al type of bronzéai(dess) steel, while material B
can be some (stainless) stell, and material C Mnypk of bronze. Often, a more
expensive material does not necessarily mean a&rbetaterial. The designer must
know the sensitivity of materials with respect tany parameters.
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Figure 2.14: Wear behaviour of two different maksri

Here, some general trends on wear behaviour witirkegly mentioned.

-In general, higher materidlardnessreduces wear. However, a large difference in
hardness combined with higher roughness can cagyrséiceant abrasive wear.

-The ductility (or brittleness) can have an influence on singldecwear mechanisms.
Usually, ductile materials tend to experience legsar in single cycle wear
mechanisms.

-Thetemperaturein the contact and surrounding can have an inflaean oxidization
and strain rate, and in drastic cases, it can ahathg structure of material.
Additionally, it can reduce oil viscosity and lowehe effect of hydrodynamic
lubrication.

-Velocity can increase hydrodynamic lubrication, but in dontacts it can increase
friction and contact temperature.

-Roughnessan influence the formation of the lubricant fiamd can influence the wear
of material. If the allowable wear is larger thamughness, roughness usually plays
only a limited role in the life of the componem. [Barbey, 1982], it was documented
that the roughness only has an influence on themrperiod, and the higher roughness
decreases the time of the run-in period.

2.10. Wear failure of a CPP
There are two possibilities in which a blade beaoha CPP can fail due to wear. The

first possibility is that the total amount of weaarhigher than the allowable wear. The
second possibility is the seizure of the actuatmeghanism.

Figure 2.15: 4D1000 hub and blade carrier afteyedys service
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1 Blade Wear depth [mm]
S N A 3
1 +0.03 -0.25
] +0.07 -0.13
2 +0.03 -0.26
) +0.07 -0.16
3 +0.03 -0.32
+0.085 -0.10
‘ 4 +0.02 -0.18
L By +0.085 -0.11

Figure 2.16: measured dimensions of the 4D1000amgbblade carrier after 10 years service

For blade bearings, the maximal wear that is altbwe equal to the sum of
manufacturing tolerances of all parts involved itelp actuation, approximately 200um.
However, field experience shows some propelleresedf from significantly higher
wear, even up to 500um, but they were still operdati. Figure 2.15 shows a photo of
wear scars on a D-hub after 10 years service. TibeisiCuNiAl and blade carrier is
made of MnAl bronze. The propeller came to the wbdp for an overhaul and there
was no record of any complaints on the propellgrésformance. The maximum
calculated load was 21N/mmz on the inner side efttfade bearing. The total amount
of wear for this D-hub was between 100 and 320 depending on a blade number.
Figure 2.16 shows the measured dimensions of CRB. piais important to mention
that large water marks have been observed in theThe presence of water has a large
influence on the wear regime. It is possible toobate that wear of 200um does not
represent a problem for a CPP system and this valselected as the allowable wear
of blade bearing of a CPP.

In addition to the total amount of wear, anotheraweelated failure mode that may
happen in the blade bearing is the seizure of yeem. It is possible to foresee three
reasons that can lead to the seizure, namely latkbdcation, entrapment of debris,
and drastic change of surface roughness due to. Wbarlack of lubrication refers to
circumstances that can deteriorate the lubricatidnthe bearing, for example
insufficient amount of lubricating oil and/or ingion of sea water. The entrapment of
debris has been explained in Chapter 2.8.4; wotndebris can stay trapped in the
bearing and consume clearance required for norerédgmance.

Wear process can change the contact situatioreibldde bearing so much that is not
possible for the hydraulic system to change thehpifThis has been observed in
practice. In some rare cases, it was not possiblehénge the pitch of a CPP, even
though there was nothing wrong with the hydraulidse pitch was simply stuck. Some
propellers suffered from seizure of the mechanistenethough the total wear was
lower than 200um.

2.11. Wear situation in a blade bearing of a CPP

Any wear situation is dictated by loads and motiohbodies in contact and influenced
by the surrounding environment. It must be noteat ttometimes the surrounding
environment can dictate the amount of wear. Thersiaation of a blade bearing of a
CPP is no exception. The environment of a CPP ear h large effect on the wear of
the blade bearing. The lubrication of a blade Imgpi$ achieved from the inner side of
the bearing. Under design conditions, the lubricatof the bearing is good and
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sufficient. However, the conditions on the outelesof a blade bearing are very harsh.
In addition to sea water, there can also be somefigh nets, sand, etc. Any intrusion
of these elements may lead to lack of lubricationreased friction and ultimately to
the failure of the blade bearing and a CPP.

Loads in a blade bearing are large and oscillatasythe entire thrust of a blade is
transmitted to the ship by the blade bearing! Tasidomotion in the blade bearing is
caused by the hydraulics and is a main feature 6P& (i.e. to change the pitch).
Additionally, oscillations in the wake field andbitial velocities caused by waves may
lead to load variations and additional motionshe blade bearing. These additional
motions are more frequent and have smaller amgguban the basic motion. It is to
be expected that the motion caused by hydraulisalsiding nature, while the motion
caused by oscillating hydrodynamic forces has térigenature.

All three mechanisms (abrasive, adhesive, anduajigan be expected in the wear
behaviour of a blade bearing of a CPP. The bladgecand blade bearing are sliding
relative to each other with relatively large sugga@nd low velocities. In the present
use of pitch control in ships, the blade bearingnsis a lot of time in a (relative) stand-
still position, (i.e. no pitch actuation). Thisugtion can easily lead to adhesive wear,
and careful material selection is essential. Ingaibn will indicate whether adhesive
wear is present in the form of galling, scuffingdapitting.

Due to the long lifetime of a CPP (up to 20 yeaits)s normal to expect effects of
fatigue wear in the form of spalling, pitting olacks. Despite the fact that a significant
amount of attention has been paid to the surfaighiing of the bearings, it is normal to
expect some abrasive wear, as well. Two types &fsadn may be present, two- body
and three-body abrasion. Particles removed by datigvear can react with the
environment and act as a third body abrasion. tigeggon will indicate whether
abrasion has a scratching, scoring, or plowing form

40



3. Loads

This chapter focuses on the forces acting in arothable pitch propeller (CPP)
mechanism and the equilibrium of Coulomb frictibgdrodynamic spindle torque, and
a non-actuating hydraulic reaction torque in thadbl bearing. The disruption of this
equilibrium will lead to the fretting motion in tHdade bearing. An attempt has been
made to define the circumstances leading to figgttma CPP and to describe the
influence of sea state on fretting behaviour. Usigdrodynamic tools it is possible to
determine the theoretical conditions for frettilfy.combination of theoretical and
experimental results provides a better understgndinthe fretting phenomenon in a
CPP. The first part of the chapter gives an intobidn to the working regimes and
forces acting on a CPP. In the second part theepeesof fretting is defined based on
the calculation of forces and moments during on@ltgion of a blade in the non-
actuating regime for the design condition of a #megropeller. The third part
investigates self propulsion tests in irregularssaad hydrodynamic forces acting on a
CPP in those conditions. The results indicate aedese of fretting in higher waves and
higher speeds. It has been shown that it is net¢ wa look only at the load mean value
as design criteria.

3.1. Introduction

A lot of work has been done on understanding thdrddynamic loads on propeller
blades, such as thrust and torque, but little iswkn about their effect on the
mechanism of a CPP and potential vibrating motiothe bearings. In contrast to the
sliding motion over relatively large distances,ttirey motion is defined as small
amplitude and frequent oscillating motion. The tirgt motion may result in fretting
fatigue, fretting wear or increased friction coei#nt. Fretting motion of the pitch in a
CPP may be caused by a change in hydrodynamicsfarckey improper control setting.
The second possibility will not be investigated ehethe focus is rather on fretting
motion caused by oscillations in hydrodynamic ferdee to the change in wake filed
during one revolution. Instead of looking at theatanean values of loads acting on all
four blades, the accent is on the prediction dttifrg motion based on instantaneous
values of the forces acting on one blade. Moreotbgr,looking at modelled and
measured results of loads acting on a propellex sihgle screw vessel, an attempt is
made to get more insight in the influence of seaddmn on the fretting motion in a
CPP. The measurements of loads acting on a CPPpsesented in [Dallinga, 2006]
for various sailing conditions and the results w# used here. This chapter however,
does not make an attempt to quantify the damagealéretting motion. The chapter
will contribute to safe application and avoidan€éretting in the design of CPP.

On the left side of Figure 3.1 a simplified hydiautdcheme of a CPP is shown. The
hydraulic power pack supplies the system with assuee ) and a flow Q). A
proportional valve is governed by the control systand together they control the
pitch, larger systems have two proportional valegs.oil distribution (OD) box takes
care of the connection between the rotating shaft the oil supply pipes. A
counterbalance valve (CBV) fixes the pitch positiortase of an hydraulic power loss
and allows depressurization.
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Figure 3.1: Hydraulic scheme of a CPP (left) asdhitin parts (right). Blade bearing is the beatiiag
connects the blade foot, blade carrier and huldélearing has the radial and axial parts. Radidlqf
blade bearing has the inner side (closer &xis) and outer side. Source: Wartsila

There are two regimes in which a CPP operates: wieepitch changes (actuating) and
when the pitch is constant (non-actuating). Whea glitch does not change the
proportional valve and CBV are closed. This chaptél investigate only the non-
actuating regime.

On the right side of Figure 3.1 tlxey, andz axis are used to describe the forces and
moments acting in a blade bearing. It also showsdllial and axial part of the blade
bearing. Only a rotation around thexis will be considered and no elastic deformation
around thez axis will be included, so the fretting will be dtrmanifested in the blade
bearing. Other components of a CPP might alsofieetafl by fretting (for example the
actuating pin) but the motion will start in the ddabearing. The blade foot and the
blade carrier are fastened with bolts and no radatiisplacement between the blade
foot and blade carrier will be assumed.

The critical moment for the beginning of frettingotion is when the spindle torque
overcomes the friction torque. Since the thrust tordue of a blade are changing
during one revolution, the Coulomb friction in thiede bearing changes as well during
one revolution. Looking at the Coulomb frictionthre blade bearing and spindle torque
of the corresponding blade, it is possible to dbedhe occurrence of fretting motion.

After this introduction, the loads acting in theadd bearing will be described in the
second part of this chapter. In the third partte$ tthapter the fretting coefficient is
introduced. There is an ideal theoretical frettimgefficient, however some
modification is necessary. This is due to the tgbeneasurements done to investigate
the dynamic loads on the propeller in service. cheth part gives the results for the
modified fretting coefficient from measurements.eTinfluence of sea conditions on
the fretting coefficient is in the fifth part, wihicis followed with discussion and
conclusions.

3.2. Loads in the blade bearing

There are three more or less external sourcesadgl{forces) acting on a CPP:
- Hydrodynamic

- Inertial (Centrifugal)
- Hydraulic.
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The hydrodynamic forces acting on a blade resuthiinst, torque, and spindle torque.
The rotation of a propeller will result in centgfal forces. Gravitation forces acting on
a propeller blade are much smaller than the cenif force. A hydraulic pressure
difference actuates the pitch. If the valves aosedl there remains a pressure difference
in the CPP; so in this case the hydraulic systeeates a non-actuating force. The
mechanism of a CPP consists of several parts andlibve listed forces will result in
reaction forces in the contacts between differeartsp These in turn will induce a
friction force opposing the motion (or tendencyrtove) in the contacts and bearings.

In the non-actuating regime the mean spindle toeqoend thez axis is in equilibrium
with the friction forces and the non-actuating laudic force. However, variation in
hydrodynamic spindle torque can disturb the equillo and may cause fretting
motion. Friction force, that is opposing the motican be “consumed” by the spindle
torque and/or hydraulics. Here the best case sicewdl be assumed, the motion starts
when friction force is completely consumed by tpadle torque. When the hydraulic
valves are closed, the non-actuating hydraulicef@annot prevent oscillations around
an equilibrium point (it can only give an offsetttee oscillations). Once it moves, the
amplitude of oscillations is influenced by the fion force, spindle torque and oil
compressibility. Also, if it occurs, most of theefting motion happens within the
clearances in the bearings. The change in hydradigni@rces during one revolution of
a blade will have an effect on the forces tryingrtove the blade (the spindle torque)
and on the Coulomb friction. The starting poinfreftting motion in a blade bearing is
when the spindle torque overcomes friction force.

Dynamic loads Tested Dynamic loads on
ona CPP during comdition a CPP.
self-propulsion Calculated
Measurements = values (2}
(1}
Critical
sitnatinm
Forees ¥
Meamrad FRETTIMG:

Compare measured with

critical, if bigger freting

happens . Make histogram
(3)

¥

Figure 3.2: Procedure for investigation of frettindolade bearing during sailing

The critical conditions, necessary for the occureeof fretting in the blade bearing, are
defined by the ratio of spindle torque and frictitorque. Investigation of fretting
during sailing is done by looking at the measuratlies of the hydrodynamic forces
and the critical condition. The measurements ofldoacting on a CPP were presented
in [Dallinga, 2006] for various sailing conditionSigure 3.2 shows the procedure for
investigation. Model measurements of hydrodynafimices for a propeller have been
conducted for a single screw vessel sailing inedéht sea conditions. Measurements
include thrust and torque of the propellers anddipitorque of one blade for different
ship speeds, sea states, draughts, etc. (Figurel8ck 1) on model scale. The critical
ratio of hydrodynamic forces leading to fretting llwbe calculated using a
hydrodynamic software tool for each tested condit{&igure 3.2, block 2). The
software tool calculates hydrodynamic forces andnerats using the boundary element
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method. It is possible to calculate friction in tB#®P when the hydrodynamic and
centrifugal forces are known. A comparison of meagdwand calculated values (Figure
3.2, block 3) investigates the occurrence of fngtti

3.2.1 Centrifugal loads

Rotation of a propeller creates centrifugal foroéselated masses. The centrifugal
force is a function of the masses of propellerdéléoot and blade carrier, and further
of shaft speed and the position of the centre a¥igr with the respect to the shaft and
spindle axis. The centrifugal force contributestspindle torque and friction torque by
an axial and radial force and a bending momenteattade bearing. Gravity causes a
sinusoidal varying force on the blade bearing whicimuch smaller comparing to the

centrifugal force and will be neglected. Figure 8I®ws centrifugal force stemming

from rotation of a propeller. The centrifugal foscand moments are defined as:

Feex =0 (3.1)

Fey =4pTC nZJ.”ydxdydz (3.2)

F., = 4pt nZJ.”zdxdydz (3.3)

Meex =0 (3.4)

M, =4pT nzj”xzdxdydz (3.5)

M, = 4pT® nﬁ”xydxdydz (3.6)
A

Figure 3.3: Centrifugal force acting on a CPP blade

Centrifugal forces and moments have been calculfiiedhe design condition, and
presented in non-dimensional values. The centggafity is made dimensionless with

the 0.7 radius (R,). Forces are made dimensionless with n’D* where p, is the
density of sea water, n is the number of revol&ipar second, and D is the diameter of
the propeller. Moments are made dimensionlesspyjth’D°.

-Centre of gravity:

44



[Xcg Yeg Zed] = [0.15; -0.08; 0.75] (3.7)
-Centrifugal force:

[Feex Feey Feed = [0; -13.5; 131.7] (3.8)
-Centrifugal moments:

[M Ce,X; Mce’y; Mce’ﬂ = [0, '62, '35] (39)

3.2.2 Hydrodynamic loads

The pressure field on the blade surface inducegdeodynamic load on the propeller
blade. Different theoretical methods of predictihgse loads are presented in [Carlton,
1994]. In order to show their effect on the bladarng, the hydrodynamic forces will
be presented using airfoil theory. However in thkofving work, the hydrodynamic
forces are calculated using a software tool. A ellep blade is divided in different
sections, each with its own lift (), drag () and pitching moment (M around the
spindle axis. Thrust () and torque (@ of the blade’s k-th section are determined
using the hydrodynamic pitch ang® @s it is shown in Figure 3.4.

Tk= Lk'COSBk - Dk'SIan (3.10)
Qk = I 'Dk'z: rk(Lk'SIan + Dk'CO$k) (3.11)
a-anzle ofatael
L B-hydrodynamic pitch
\ ansls
R L3 G-pitchangle
N \ r-propeller radivs
T T Izr o - cicumfzenbial
% \I"'\ spead
i -~ ¥, welocity of

/ advance
Vy-relative water

! \
- .
Q. lr, &’f '___e-"'f_/T// valociby
D, .~ | _ D-dmg fores
/ p— T L-lift forea
R-resultant fores
88| i

Q-torqus
T-thrust

Figure 3.4: Propeller blade section

The resultant lift and drag forces are assumecdttonathe hydrodynamic centre (x
Yen). Then forces and moments acting on the shaft(kigure 3.5) are:

Fux =2 T =T (3.12)
Fay =2, Qu/r =QIr (3.13)
Miax = Fuay Zen (3.14)
Mgy = Frax Zen (3.15)
Mgz = Fuax Vent Fuay Xen (3.16)
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The sum of all forces in thedirection will result in a total thrust (T) andetsum of all
forces in the y direction will result in tangentfafce (Q/r). The hydrodynamic spindle
torque (M, and bending moments ¥k, Mgy are resulting torques of the
hydrodynamic forces acting around the x, y angig.a

e =H

Nh
CH

Zeh

*’r}"ch
st
b

Figure 3.5: Hydrodynamic forces acting on the hggramic centre (CH) of a CPP blade

The hydrodynamic forces on the blade induce forbeading moments and a spindle
torque at the blade bearing. The thrust and tomgilleact on the axial part of blade
bearing (Fa,xFnd,), While the bending moments (W,Mnq,) Will affect the radial part
of the bearing (see Figure 2.5).

During one revolution, the hydrodynamic forces wiflange due to the change in the
wakefield of a propeller, Figure 3.6 shows the siigated nominal wakefield. The
angle of attackd( in Figure 3.4) will change as the blade rotatesugh the wakefield
causing oscillations of thrust and torque. Oscdilad of thrust and torque of a single
blade are rpm dependent and oscillations of ttandttorque of the entire propeller are
dependent on the number of blades times the rpm.

p28va

EET T T TERTT T 1
—E=N-1 .
aan

Figure 3.6: Nominal wake for investigated propeSeurce: Wartsila internal report
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As mentioned before, Equations (3.10)-(3.16) areduso illustrate effects of
hydrodynamic forces on the blade bearing. In follmpanalysis a software tool will be
used to calculate the forces and moments actingaohlade. Theoretical and
computational tools allow the investigation of centional and unconventional
propellers in realistic working conditions. Two inetls, vortex-lattice method and
boundary element method, have been in the focusuoferous investigations. The
overview of the development of numerical design andlysis methods for propulsors
is given in [Meshabi, 2005]. Figure 3.7 shows themparison of three different
methods with the measured value of the dimensisrdpsdle torque around ta@xis.

0.013 {

Kq spindle []

o.m

0.005 \

—NModel test

—BEM 1

—BEM 2
VLM

-0.005

0 90 180 270 360
Blade angular position [deg]

Figure 3.7: Comparison of calculated blade spitmiigue with the measurements for design conditions
Source: Wartsila internal report

Three methods have been compared (Figure 3.7nsteady panel code 1 (or BEM 1),
an unsteady panel code 2 (or BEM 2), and an ungteatiex lattice method (or VLM).
In this analysis BEM2 will be used; it is a praatimethod to examine a lot of different
cases and it gives a good correlation with the oreasresults. Moreover, estimated
maximal values match with the measured values. BEM2 uses a panel method,
sometimes also called boundary element method &l based on potential flow
theory. The forces follow from integration of press over the blade surface together
with some empirical expressions for friction shetess on the blade. Mean values of
the hydrodynamic loads are also presented in thee saay as the non dimensional
centrifugal loads. The BEM2 predicts a small foirceéhe z direction; this could be the
result of the rake of the blade.

R R [-72.8 442 7] (3.17)
Mg Mgy Mg, = [15.2 244 1.9] (3.18)

3.2.3 Friction forces in the blade bearing

The blade bearing supports the propeller bladkerakial and radial direction. Here the
friction forces will be derived for each part segiaty. The resulting force (&) and
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bending moments (Mhix Mgy in the radial part of blade bearing can be fobyd
considering the force and moment equilibrium:

Z I:z =0= Fcez+ l:rad-l- th,z =0= l:rad -~ Fcez a th,Z (319)
ZMXZO:Mhd,x-'-Mradx:0:>Mradx:_Mhd,X (320)
ZMY :O:> Mhd’y+Mcey_Mrad‘y :O:> Mrady = Mhd,y+Mcey (321)

The resulting moment M in the radial part of the blade bearing is deteediwith:

M rad = M fad,x + M fad‘y (322)

Mha m

4

L=

]

—
¥
L )
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]

‘ et o t
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LIz

Figure 3.8: Distribution of bending moments andtd&rgal force over radial part of blade bearing

The radial force (&g will be uniformly distributed (g while the reaction of the
resulting moment will be non-uniformly distributégl,) around the blade bearing. The
sum of these two load distributions will resultariotal load distribution (g), shown in

Figure 3.8. The distributed load around the radat can be written as a function of
angleo:

F.i  2M _,Si
q=0,+ 0, =2+ 2 M a0ST0

2711 rl2nr

(3.23)

where r is a radius of blade bearing. Tangentietién force (F ag) On a radial part
can be written as:

Fi o = [ .00 CF [ (3.24)
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The value of friction coefficient p is 0.1, moreoalb the friction coefficient of a blade
bearing can be found in Chapter 4.3. The totalifnmictorque can be written as:

2n
er,rad =r DFfr,rad =T DJU m H mq) (325)
0

The final equation for the total friction torque fiadial part of the blade bearing will
depend on the value for u, where u is a coefficibat describes the ratio of the radial
force and the maximum force (2Mr) resulting from the bending moment (see Figure
3.8):
>1if > max

2Mrad <1|f qF <max(qM)

The radial part of a blade bearing has two sides, side (inner side) is closer to the
shaft line and other side (outer side) is closeéh&sea. Figure 3.8 shows two possible
load distributions over the radial part of a bldgaring. If the load caused by the radial
force (Fag) is higher than the load caused by the bending embrfM,g), than only the
inner side will be loaded. The total friction toggin that case will be:

2n
Qprea = ' MO = r (U, for u>1 (3.27)
0

Opposite to this, both sides will be loaded if thaximum load caused by the bending
moment is higher than the load caused by the réglieé. The total friction torque in
the radial part of the blade bearing is the surfricion torques in the inner and outer
part of a radial blade bearing. The anglevhere the load (q) equals zero is:

I:rad + 2M rad Si“po

F_r
=0= ¢, = —arcsin —2— | = —arcsin(u 3.28
21 2mr? b {ZM ] w (3.28)

rad

The friction torque can be found by integrating:
/2

o
er,rad :_2].,“'2 J‘qd¢+2“r2 J‘qdq) (329)

-Tt/2 do

Substituting g from Equation (3.23) in Equatior2@.and integrating gives:

Qs = - T, (cOsh, + uarcsing)) (3.30)
Tt
or:
Qi 1ug = 4 (M rad(\/l— u® + u@rcsin(u)) for u<1 (3.31)
B 1

The friction in the axial part of the blade bearnigpends on the resultant force of all
forces in the axial direction:
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F, =F2, +F (3.32)

axx axy

ZFX =0= Ry~ Fux = Fux =F (3.33)

ax,x hd,x

Z Fy =0= th,y + Fc I:ax,y =0= I:ax,y = th,y + Fce,y (334)

e,y_

The resultant torque in the axial bearing is thgue around the (spindle) axis of a
blade:

z M z = M hd,z + M cez - er,rad_ er,ax = M sp_ er (335)

The total friction torque in the axial part of theade bearing can be calculated
according to [Faraz, 2001]. The contact situatmmtiie axial part of the blade bearing
is the same as for the revolute joint (Figure 3tBgre is only one degree of freedom.
Contact between blade carrier and hub is considierdet elastic and an approximate
model to predict the friction force is made basedo elliptic load distribution over the
contact surface. The authors of [Faraz, 2001] tefftat the equilibrium equation
cannot be solved analytically since it is an allipttegral. They use a series expansion
and curve fitting to ensure less then 1% deviatidre final expression for the friction
torgue in the axial part of the blade bearing is:

Qo = F, [ (L+ 0.047%in? a+ 0.5744in* a—1.05%in° o+ 0.698%in® ) G———

A1+ uz

(3.36)
o = arcsi 231F, Er / r“ (3.37)
Eby1+p® r-r
E- Young’'s modulus of elasticity [N/mm?]
b- Thickness of blade bearing [m]
r- radius of blade bearing [m]
r’-  radius of blade carrier [m]
rII
, F
r % .
@ F Y
Faxp: )
&)
* L ]

Figure 3.9: Contact situation in axial part of lddzbaring (the clearance is exaggerated for ititistn
purpose)

50



Although a comparison is difficult in general frant torque will be higher if only one
side of the radial bearing is loadaa>1). Also the stresses in the bearing would be
higher. A lower friction force is advantageous fower hydraulic pressures. On the
other hand, when the load is distributed to botlesiit will result in a region of very
low friction force in the blade bearing. This lovicfion zone will be exposed to partial
sliding (micro-movement in the part of the contadthe usual design practice is to
make hydrodynamic and centrifugal spindle torquehsiinat the mean value of their
sum is close to zero. Also, the load distributiantér (u) is smaller than one in usual
design practice. This ensures lower actuating hyargressures. It means that by
careful design one can change the properties odPR. Eor example a more stiff and
rigid design will be more resistant to disturbanftesn the sea but on the other hand it
will be more difficult to change pitch (hence, gdper hydraulic power pack, a stronger
hub, a rise in costs, etc). The other approachdcbelto make a more flexible CPP, for
example when the mean value for spindle torque aderzero. This type of CPP is
easier to move, has a smaller power pack, reqlessshub strength, but has a bigger
potential risk of causing vibrations and fretting.

3.2.4 Hydraulic actuating loads

The loads created by the hydraulic system durimchpactuation are called actuating
loads. There are several mechanical solutions boghange the pitch. The illustration
of actuating loads will be made only for the dedigat applies to the investigated case.
This design is contemporary and most of modern ORR& it. For other solutions
reader is referred to [Beek, 1976].

Figure 3.10 shows a blade carrier in a blade bgaifihe actuating pin is part of the
blade carrier and it is placed in the sliding bledhkich is placed in the slot of a yoke.
The yoke is hydraulically moved in linear directidrhanks to the pin’s eccentricity (e)
the linear motion of the yoke is converted into piteh rotation.

i
Asterny Sliding black

Actu ating pin

&

Blade bearing

Blade carriar

Y

Figure 3.10: hydraulic force actuating pitch tovwsaathead

Figure 3.10 shows the situation when a hydraulicddf,g) is moving the pitch)
ahead during free sailing ahead. The hydraulicefareates a hydraulic momentJ\):
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M o = Fya [B[€OSB (3.38)

The moment created by the hydraulic force is opgpdsg the spindle torque and
friction. When actuating pitch ahead, the sum ofhmants around the z axis for one
blade is:

ZMZ = Msp+er_Mhyd (339)

The spindle torque and friction change during rotabf the blade. The sum of spindle
torques for all blades is the sum of four (numbkblades) signals with 90 degrees
phase difference and as such is almost equal teuttmeof four mean values. The same

principle applies to friction torque. The total hgdlic force ;) needed to change

the pitch is equal to the sum of the mean spinaliguie and friction times the number
of blades (Z), in this case Z = 4, plus frictiomde in other parts of a CPFE{"™") such
as pin-slot, yoke-hub and other contacts.

) (3.40)

The total hydraulic pressuren(g) depends on the yoke’s area &) and it is increased
by an additional back pressuregjpneeded to open the counter balance valve (CBV).

i
Phya = T Peny (3.41)
A yoke

Figure 3.11 shows the total hydraulic pressure asetion of pitch position for free
sailing ahead for pitch values close to designhpitthe upper line represents the
pressure needed to change the pitch to ahead ardwier line to astern. The middle
line represents the sum of four mean spindle tokgges. This pressure is a holding
(non-actuating pressure), it is a reaction to dpindrques, and it can have any value
between upper and lower line.

Hydraulic pressure

140

1 \ to ahead
_ 100 g
5 ol 2= —e— ahead
= ] —_— = = = = — —_—
o ] \\\. —p— 4MSp
§ 60 ] = astern
g : —-m - — astel
S Mt
q ———— L. - .. _
20 4 ———
] to astern
01 ‘ ‘ ‘ ‘ ‘
-30 -25 -20 -15 -10 S 0

pitch from design [deg]

Figure 3.11: Hydraulic pressure needed to actustk pssuming the constant and maximal rpm
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3.3. Fretting coefficient

This investigation considers the non-actuating megiand the aim is to define the
conditions leading to fretting motion in the blabearing during service. Fretting
motion, just as any other motion, starts when the ef forces trying to move the body
overcomes the friction force. Moreover, the broadifinition of fretting includes also
pre-sliding regime (micro movement in the contagbipto the real sliding). More
about fretting can be found in Chapter 2 of thiesth but general characteristics of
fretting motion involve pre-sliding, small ampliteigliding (up to 1 mm), and frequent
reciprocating (back and forth) motion. In this gaeph the critical moment for the start
of fretting motion is described by introducing awneoefficient.

3.3.1 Theoretical fretting coefficient

As mentioned in the Chapter 3.2 of this documem, hydraulic system has very
limited influence on the pitch oscillations aroutite equilibrium point in the non-
actuating regime. In contrast to Equation (3.3B§ fretting motion starts when the
spindle torque overcomes the friction and hydratdique. In equilibrium point (point
when the sum of forces is zero) aroundzlaeis:

ZMZ :Msp_er_Mhyd:O (342)

Where Myq is the moment around theaxis created by the hydraulic system, or as
previously defined by the non-actuating hydrauticcé. Motion starts when the sum of
forces trying to move the body overcomes the ittiorce:

ZMZ >O:>Msp_Mhyd >er (343)
It will be assumed Mq= O; therefore motion starts when:

Mg, > Qy (3.44)

Most of the motion will happen within the cleararfehe bearing and fretting motion
will happen when the blade spindle torque beconngseh than the friction torque. Of
course it could be argued thaty¥ican reduce the spindle torque. However, it shbeld
kept in mind that the spindle torque has a neggias¢ during one revolution as well
(Figure 3.7). Than spindle torque would not be ablanove the blade in positive
direction but it would be much easier (smaller ketoon is needed) to move it in the
negative direction. Figure 3.12 shows a hypothktiese of spindle torque (dash-dot
line), Coulomb friction torque (two symmetrical éi& around zero) and hydraulic
torque (flat dash line) in one blade bearing duong revolution of a shaft. The marked
line in Figure 3.12 is the difference of the hydimand spindle torque. The Coulomb
friction in the bearing represents a thresholdffetting motion, if the forces trying to
move the blade are lower than the limiting frictimnce than there is no motion. It can
be seen, the line representing the difference ioidgp and hydraulic torque gets above
the threshold value and causes fretting motioménregion 216 to 264 degrees rotation
of the shaft. On the other hand ify)M is zero, no fretting motion would occur.
However, if the spindle torque variations incressmewhat, than the influence ofM
(and assumption Ms=0) very much determine the occurrence of frettfiog,instance

53



whether fretting occurs at one or both sides {oe.positive and/or negative spindle
torque). If the spindle torque oscillations inceeasastically than fretting motion will
occur on both sides and the total fretting timeéhasdly dependant on fyh. So the
assumption of M,«=0 seems reasonable, although an assumption.@féqual to the
mean value of N, would be equally right. In fact, in “real life” ¢hvalue of My can
have any value between upper and lower thresholdevdue to internal leakage,
pressure adjustment, control strategies, etc. @hap7.1 will look into this matter in
more details.

Infl. of hydraulic torque on fretting motion

\J {2?“32, —>— spindle-hydraulic

friction upper

friction low er

torque

— - — - -spindle

— — — - hydraulic

deg. rotation

Figure 3.12: Spindle torque, Coulomb friction andtaulic torque in a blade bearing

In order to investigate the fretting motion in aRZRhe relation between friction torque
and spindle torque will be examined during one ha&v@n. Parameters that will change
during one revolution are the parameters that afleenced by the hydrodynamic
forces. Thus, the hydrodynamic spindle torque awiti bomponents (axial and radial)
of friction torque will change while the centrifuggpindle torque is constant (rotational
speed is assumed constant).

Apart from the hydrodynamic and centrifugal forttee total friction force will be also
influenced by the design characteristics such dsisaof the blade bearing)( the
friction coefficient (1) and material properties. Therefore, the frettimgtion in a blade
bearing (of one single blade) during its revoluteam be described as a function of the
hydrodynamic, operational and design conditions:

Fretting = fTblade Qvlade Msp, I, 1, Material, rpm, mn (3.45)

Ideally, fretting motion could be determined by théo of spindle torque and friction
torque in the blade bearing: if the ratio is larglean unity there is motion. Now
defining a fretting coefficient ¢gg;) as the ratio of the spindle torque of one bladg a
the total friction torque of the corresponding lddxbaring:

def M s

fret =

(3.46)

fr
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The oscillation of a spindle torque is caused yuhriation of hydrodynamic forces in

the wakefield of a propeller. In real service caiodis these variations can be different
from the variations expected in the design casew@aees). Following analysis starts

from the design case and continues with the ingattin of results made in self-

propulsion tests in different sea conditions.

3.3.2 Fretting coefficient in the design case

If the aim of this chapter would be to analyze otiig theoretical aspects of fretting,
than the analysis of fretting coefficient would ehdre. To illustrate the fretting

coefficient defined in Equation (3.46), Figure 3st®ws the total friction torque in the
blade bearing and the spindle torque of one bladimgl one revolution. Blade spindle
torque follows from BEM2 calculations and frictiolorque has been calculated
according to Equations (3.19-3.37). In order to@sbmewhat clearer overview of the
situation, Figure 3.14 shows the friction torqueltiplied with the sign of the spindle

torque. This is done to show the regions wheredépitorque exceeds friction torque in
the blade bearing: those regions are marked a@mfyeegions.

Sailing ahead
8
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4 e ,[.ku
E I|-‘--"""“----u--.._..__......._,__h -.-/ \. -
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Figure 3.13: Spindle and friction torque for sajlimhead condition
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Figure 3.14: Spindle torque and friction torque tiplied with sign (M)

Looking at the Figure 3.14 it is possible to deti@arthe angle of rotation at which the
spindle torque exceeds the friction torque. Thadpitorque is larger than the friction
torque between 174 and 282 degrees, and betweean8ll®44 degrees of rotation. For
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the investigated propeller, fretting motion could éxpected to happen within these
angles in design conditions. Extreme values offtéiing coefficient are -2.98 at 246
degrees and 1.44 at 324 degrees of rotation.

3.3.3 Approximation of friction

Measurements that will be used in this investigatontain (only) the values of the
total thrust and total torque of the propeller éast of preferred values of thrust and
torque for a single blade. Thus the loads needethlitulate the friction torque in a

single blade bearing were not known. This madeaitfically impossible to find out the

exact friction torque and to use the fretting coefht as defined in Equation (3.46). It
is difficult but not necessary to know all paramgt® find the change in friction torque
during one revolution. During one revolution itassumed that only hydrodynamic
forces can influence the change in friction (i.entcifugal forces are constant). So
when the friction torque is calculated, the chaimgiiction torque can be estimated by
the measured change in thrust and/or torque. lardaadinvestigate the fretting motion

in service conditions, some solution for fricti@mgue is necessary.

An assessment of fretting motion in service coondgi can be made based on the
relation of measured spindle torque of a singleldland measured total thrust and/or
torque. To find which of three parameters: totalish (T), total torque (Q) or resultant
total force (R in Figure 3.4) can correlate the best with thewated friction (Q),
three parameters are defined as:

I TR
-the total thrust and friction torque a=—2"
er
-the total torque and friction torque b:g
er
- VT°Rg,+Q°
-the sum of total thrust and torque and friction C:Q—'
fr

The selection should be made based on the smdifessence between the average and
the maximal values of coefficients, b, and ¢ during one revolution. The ideal
coefficient would have the constant value. Figus3hows the coefficients b, and

¢ during one revolution. Table 3.1 shows the aveegkmaximal values @f, b, andc.
The maximal values are presented in relative maas¢he percentage of their average
values. As it can be seen, there is no big diffiezeamong these three coefficients.

Table 3.1: Average and maximal values of coeffitsen b, and ¢

Coefiicentz Average [ M aximal [% avg]
& &0.07 156.4
b 35.67 155.53
c 6985 156.2
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Figure 3.15: Coefficients a, b, and ¢ during on@hation

Looking at Figure 3.15 it seems that none of tteppsed parameters can describe the
friction torque in the blade bearing in a satisfyimanner. It is obvious that the
measurements of forces per blade are necessara fral quantitative analysis.
Nevertheless, the ratio of the spindle torque anal thrust can give a first estimate
whether the hydrodynamic forces will rotate thedelaround itz axis. Thrust has been
chosen because the values in Equations (3.17)%fh8)(indicate bigger loads in the
bearing to be caused by the hydrodynamic forceagaat the direction of the axis.
As it will be shown, this ratio and its distributi@re influenced by the sea conditions.
The authors will show that in some situations hygramic forces acting on a blade
can have a less favourable distribution causingenfi@tting motion (and other way
around).

3.3.4 Fretting coefficient for test cases

In the following investigation the ratio of thrumhd spindle torque will be used to get
an assessment of fretting motion in the blade bgaduring service. The fretting
coefficient has been defined in Equation (3.46)ibwill be changed to:

ZIM,,
ffret = (347)
TDRO.?

Since the thrust belongs to the entire propelles,spindle torque of one blade Mis
multiplied with the number of bladeZ%4 in this case). And in order to keep the
dimensionless form, the thrust is multiplied witle ©0.7 radius of the blade (.

As a transition from the theoretical aspects dtifrg in a blade bearing to fretting in a
real service condition, an analysis of design comal will be made here. The propeller
that is investigated is a CP propeller on a sirsgiew ship. The calculation of forces
and moments acting on the blade bearing is donegusoftware tools and the

calculation of the friction force is done accordiogequations (3.19-3.37). Figure 3.16
shows the fretting coefficient as defined in Equat(3.47) for the design conditions.

The critical values of the fretting coefficient dahee values at which the spindle torque
overcomes the friction torque. Looking back at FeyB.14, the critical values of

fretting coefficient are the values at 174 and 8éQrees:
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firet_critical™ = 0.13 for positive spindle torque
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(3.48)
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Fretting coefficient, design case
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Figure 3.16: Fretting coefficient for design coiutit

To demonstrate the accuracy of the approximatitswo, thhe thrust per blade (which in
this case is from BEM2 calculation) is used to duiee the fretting coefficient.

Replacing the total thrusT) in Equation (3.47) with the thrust of one bladgafe), the
fretting coefficient will be:

M

sp

(3.49)

f =
frett_b T R
blade' * 0.7

Figure 3.17 shows the coefficienfed , during one revolution of the blade and the
critical value ist 0.115. There is a satisfying match between thisevahd the value in
Equation (3.48).

dimensionless fretting coef. per blade

0.4
0.3 fretting
0,2 4 N -
| 0.1 _.....__f_rﬁL.C.r[“.C.ﬂJ......_______........______....../.---.—.-_\.,‘i
0

f_fret_b

[, : , : ——per blade
éﬂ[l

2000

-0,2 'ffrst_crrtical k fretting Z
0,3 1 - \/

0.4

deg. of rotation

Figure 3.17: Fretting coefficient per blade
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3.4. Test Cases

Here an attempt will be made to make a connectietwden fretting and a sea
condition using the available self-propulsion testsirregular seas. The fretting
coefficient calculated from the ratio of measurgihdle torque per blade and total
thrust measuredd; in Equation (3.47)) will be compared with the ical (theoretical)
fretting limit (firet_criicar IN Equation (3.48)). The value of fretting coeiiat will be
calculated for maximum (positive and negative) galof blade spindle torque per each
blade rotation. Afterwards, a distribution of masinfretting coefficient will be made.
It is reasoned that fretting occurs if the absol#kie of maximal fretting coefficient is
greater than the corresponding critical value. Malbeut the course of action can be
found in Figure 3.2. A review of the main parametef self-propulsion tests in
irregular seas and the tested conditions can bedfguTable 3.3 and Appendix A. The
goal is to expand formula in Equation (3.45) to:

Fretting=f(T, Q, My, rpm, d, i, material, sea state (3.50)

Analysis will be completely shown only for two casehe rest of the cases will be
presented in table form. These two cases have $&ented in order to illustrate the
procedure when fretting is expected and when frgiis not expected.

3.4.1 Example 1

In this test the ship speed was 24.4 knots andskiadt speed 111 rpm. For these
conditions the calculated values for spindle torquel friction torque in the blade
bearing are shown in Figure 3.18.

Test Case 1

[=x]

=i

[
:-f A

spindle

T T JI
7\1_99/‘\ 200 /Sll]ll] - = = -friction

torque [kNm]

s

F R O R T R

deg. of rotation

Figure 3.18: Calculated spindle torque and frictmmgue for Test Case 1

Figure 3.19 shows the fretting coefficient for TE€stse 1; the critical values of fretting
coefficient are the values at 192 and 308 degredstaappears the limit has changed
somewhat:

4M
ffret_criticmzﬁ = 0.14 for positive spindle torque (3.51)

0.7

- firet ciica=——— = -0.095 for negative spindle torque
0.7
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0,2

0154 Tieteea N
N

0,1 -
0.05 _\ etting

0 : : i allat —_4*Msp/TR
-0,05 4
015 4 _ffret_u:r'rtiu:al

-0,2

ffrett

fretting
-

deg. of rotation

Figure 3.19: fretting coefficient for Test Case 1

This test was done in irregular seas with waveslingarom 180 deg, a peak period of
7.6 seconds and a significant wave height of 2.8eraeAll results are given as scaled
values for real ship. Figure 3.20 shows the meas{dienensionless) thrust and spindle
torque for Test Case 1 in the first 50 secondsndJstquation (3.47), the fretting
coefficient has been calculated for each revolutbthe propeller at extreme values
(positive and negative) of spindle torque. Figurgl3shows their distribution in Test
Case 1. The dash line in Figure 3.21 marks thealitalue of fretting coefficient from
Equation (3.51) and the border of the fretting dangegion. For negative spindle
torque, the danger of fretting motion exists if treue of the fretting coefficient is
smaller than the critical value, and vice versapiasitive spindle torque.

500 T T T T T T T T T 5
450 B 4
400 B 3
350+ B 2
300 ; 1
= g
B 250t 1 L=
= =
= z
2001 = -1
150 F B -2
100F B -3
501 B 4
0 1 1 1 1 1 1 ! ! ! 5 1 1 1 1 1 1 1 !
0 5 10 15 20 25 30 35 40 45 50 0 L] 10 15 20 25 30 35 40 45 50

time [sec] time [sec]

Figure 3.20: Measured thrust (left) and spindlgter(right) in Test Case 1

The fit curve (Figure 3.21) was made MatLab environment using the generalized
extreme value distribution. Similar to extreme ‘ealdistribution, this distribution is

used to model the large sets of maximum and mininuatnes of the measured
parameter. Other option was to use the lognormethildution but this was possible
only for the positive values. Since measurement made for roughly 760 cycles it

follows that fretting happened in each cycle. Tihetting coefficient for negative

spindle torque is always smaller than -0.095 andpfusitive (almost) always larger
than 0.14.
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Figure 3.21: distribution of measured fretting dwént for negative (left) and positive (right)isgle
torque; dash line is the fretting border. Bottcfitves are in the fretting zone

Table 3.2: Conditions and results of Test Case 1

Test Wave Wawve Speed Fretting Fretting
Caze head height [kn] pm predided measured Critical foa
1 180 2.50 244 111 ez 100% -0.095; 0.140

The fit curve on Figure 3.21 can easily be plo@isch cumulative probability function
to see the percentage of fretting measured. TaBlst®ws the conditions in Test Case
1 and results of previous analysis: the frettingiomis predicted as on Figure 3.18,
during measurements fretting coefficient exceetiedctitical values (-0.095, 0.140) in
all cycles (fretting measured almost 100%).

3.4.2 Example 2

The investigation of Test Case 3 will be shown llasirate the case when fretting
motion was not predicted but the measured valugisro$t and spindle torque indicate
fretting motion. In this test the ship speed was Iots and the shaft speed 106 rpm.
For these conditions the calculated values fordipitorque and friction torque in the
blade bearing are shown in Figure 3.22. The restdiltalculated blade spindle torque,
calculated friction torque, calculated fretting ffméent, and measured fretting
coefficients are given in Appendix C for all teases.

Test Case 3

—j - AY

v / spindle
100 el \ZQO /300 - = = friction

__d—-l—l--.‘

torque [-]

f
..K-J

L — B

deg. of rotation

Figure 3.22: Calculated spindle torque and frictmmgue for Test Case 3
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According to this figure there is no fretting besaithe negative spindle torque does
not exceed the friction torque. However, it is poigsto calculate the maximal value of
the spindle torque and the related fretting coeffitto overcome the friction torque. If
the spindle torque is increased by 25% (only fogatiwe values) then the limiting
value of friction coefficient is:

-0.085 >fyrey > 0.125 (3.52)

Test Case 3 was done in irregular seas with wagadihg from 180 deg, a peak period
of 9.8 seconds and a significant wave height ob 4n@ters. Following the procedure in
Test Case 1, Figure 3.23 shows the distributiofietfing coefficient. Even though the

fretting motion was not predicted, the density rilisition of the measured fretting

coefficient indicates the existence of fretting fapproximately 42.5% of the

distribution.

- T T T T 1of T T T T T
251 Test Case 3 data —! Test Case 3 data
Test Case 3 fit [—] | Test Case 3 fit
0F No Fretting Fretting 1
Fretting - No Fretting B Y

|
|
| 8f
15 Ty | Z
= r | =
E 4 \ 2 |
5 g
(=] ‘ (=1

|
|
|
|
| A |
|
|
|
|

20F

0 == ‘ 0

-0.25 -0.2 -0.15 -0.1 -0.05 0.05 0.1 0.15 0.2 0.25
min.frett.coeff. for negative I‘\u'lEp max_frett.coeff. for positive I\ﬂSp
Figure 3.23: Test Case 3; fretting coefficientriegative (left) and positive (right) values forrafie
torque
3.4.3 Results

The conditions and results of tests done are preden Table 3.3. Waves heading
from 180 degrees are bow waves are 0 degreeseanevgves.

Table 3.3: The results and conditions of tests done

Test Wave Wave Speed rom Fretting Fretting Critical fretting coefficient
Case | Heading | Height P P predicted | Probability frett erical

1 180 2.90 24.4 111 Yes 100 % -0.095; 0.140

2 180 4.85 22.2 106 Yes 77.5% -0.085; 0.133

3 180 7.45 19.8 106 No 42.5% -0.085; 0.125

4 180 4.85 171 83.3 Yes 56.5 % -0.089; 0.132

5 180 7.45 15.8 89.5 No 45 % -0.086; 0.119

6 180 4.85 7.6 42.6 No 75 % -0.087; 0.131
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7 180 7.45 6.9 46.5 No 475 % -0.091; 0.119
8 180 7.45 12.4 69.7 No 36.2 % -0.086; 0.118
9 0 7.45 20.6 89.1 Yes 77.5% -0.099; 0.118
10 45 7.45 19.7 92 Yes 73 % -0.093; 0.117
11 60 7.45 20.2 88.1 Yes 72 % -0.097; 0.117
12 90 7.45 20.0 90 Yes 99 % -0.096; 0.114
13 135 7.45 16.4 87.1 No 70 % -0.085; 0.114
14 180 7.45 25.1 107.4 Yes 100 % -0.099; 0.120
3.5. Influence of sea condition on fretting motion

An investigation of results presented in TableilBbe done here. First, the influence
of wave height on fretting motion will be investigd for three different rpm ranges.
Second, the influence of rpm will be investigatedtivo different wave heights. Third,
the influence of wave direction will be considerédurth, the influence of draft will be
investigated.

3.5.1 Influence of wave height in high rpm (overload)

Test Cases 1, 2, and 3 will be considered to irgegst the influence of wave height on
fretting motion. All tests are done with similammpand different wave heights. Figure
3.24 shows the distributions of the fretting ca@éint in the investigated cases. As it
can be seen, with the increase in wave height isteidition gets wider and mean
value moves towards zero.

— Test Case 1]
----- Test Case 2
------ Test Case 3 |

— Test Case 1 ¥
----- Test Case 2
------ Test Case 3 ||

3581

¢ 30l
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0.25 02 0.1 -0.05 0.05 0.1
min.frett.coeff. for negative I\ﬂsp max_frett.coeff. for positive I\/'1Sp

02 025

Figure 3.24: Distribution of fretting coefficienfsr different wave height in high rpm.
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3.5.2 Influence of wave height in mid rpm (design)

Test Cases 4 and 5 will be considered for influesfceave height on fretting motion
with rpm somewhat lower than in Chapter 3.5.1. FegBL.25 shows the distribution of
the fretting coefficients. The influence of waveadhe on fretting for shaft speeds close
to the design value corresponds to the influencéniigh shaft speeds and the analysis
in Chapter 3.5.1. With increase in wave height disribution of fretting coefficient

gets wider and mean value moves towards lower salue

Test Case 4
----- Test Case 5 )

20F
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Density

05 0.6
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Figure 3.25: Distribution of fretting coefficienfisr different wave height in mid rpm

3.5.3 Influence of wave height in low rpm

Figure 3.26 shows the distribution of the fretticmefficients for Test Case 6 and 7.
Note that the negative fretting limit for Test Cd&sis smaller than for Test Case 7, this

being opposite to other cases. Maybe this is duegtadifference in shaft speed (10%).
In other cases there is a much smaller differenapm. However, the trend is same as

in Chapter 3.5.1 and 3.5.2, the distribution gatsewwith increase in wave height.
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Figure 3.26: Distribution of fretting coefficienfsr different wave height in low rpm.



3.5.4 Influence of rpm in high waves

In this analysis the ship speed and the shaft rpamge but the sea condition remains
the same. Waves are 7.45 meters high with a peatdpaf 12.2 and in head seas (180
degrees). Figure 3.27 shows the distribution of fredting coefficient for the

investigated cases. It seems that the probabilifsetiing rises with a decrease of speed
and that the distribution of the fretting coefficiegets wider. The mean value of the

fretting coefficient changes hardly.
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Figure 3.27: Distribution of fretting coefficienksr different rpm.

3.5.5 Influence of rpm in medium waves

In this analysis the ship speed and shaft rpom chdng the sea condition remain the
same. In Chapter 3.5.4 it was done for high wawekheere the analysis is for waves of
4.85 meters high with a peak period 9.8 and in e (180 degrees). Figure 3.28
shows the distribution of the fretting coefficiehe results match with Chapter 3.5.4,
the distribution of the fretting coefficient getsder with a decrease of speed.
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Figure 3.28: Distribution of fretting coefficienksr different rpm.
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3.5.6 Influence of wave direction

In this analysis the ship speed and shaft rpm lanatahe same, the wave height is the
same (7.45 m), but the direction of wave changegiré 3.29 shows the distribution of

fretting coefficients. It is difficult to draw a B conclusion but it seams that waves
coming from aside (Test Case 12) give the biggestgmtage of fretting motion.
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Figure 3.29: Distribution of fretting coefficienksr different wave direction.

3.5.7 Influence of draft on fretting

In this analysis the ship speed and shaft rpm laoeitathe same, the wave height (2.90
m) and wave direction is the same, but the drafthef ship is different. Figure 3.30
shows the distribution of the fretting coefficiefir the Test Case 1 and 14. The
distribution of the fretting coefficient for a recked draft is much wider and above the
fretting limit.
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Figure 3.30: Distribution of fretting coefficienfsr different draft.
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3.6. Discussion

The goal of this investigation was to say more albloe fretting behaviour (motion) in
a CPP in service conditions. There were two maistjans that were answered. First,
when does the fretting motion start in a CPP acdrs#what is the influence of service
conditions (sea state, rpm, and draft) on theifigetihotion.

The equilibrium point and force balance was ingzdgd in order to determine the start
of small fretting motions. Problems involving fitmh are complicated, especially when
involving the transition from stop to go. As a fiesssumption it was proposed to take
the hydraulic force to be zero. The author is awlaae the assumption is not perfect but
definitely it is not wrong. As a result it is pdsi® to determine the start of fretting
motion. This motion starts when the total spindigtie overcomes the friction force in
the blade bearing of a CPP.

In order to fully understand the fretting motioristnecessary to have the experiments
where all forces would be measured for one singldeb(i.e. spindle torque per blade,
thrust per blade, and torque per blade) of a CRfteSmeasurements of only total
thrust and torque were available some approximatfdhe friction force was required.
Since a good approximation turns out to be verfjcdit (see Chapter 3.3), the ratio of
the spindle torque and total thrust was chosentlaisdcan give a first estimate of the
fretting behaviour of a CPP. In the first placeg thterest was in the relative change
between different sailing conditions. Using softevéwols, it was possible to determine
the benchmark, or critical fretting coefficient,dasay whether the change is going into
good or bad direction.

It is clear now that when discussing fretting irCRP the real issue is actually the
distribution and probability of fretting. The sitien where fretting motion does not
occur has a distribution of the fretting coeffididging below the critical fretting
coefficient. In general, a good distribution would narrow and (at least the mean
value) would be below the critical fretting coef@iot. A wider distribution means a
wider spread of the fretting coefficient and therefa higher probability of fretting
motion. Together with values above the criticalueabf the fretting coefficient this
means a bad distribution of the fretting coeffitieim the following paragraph the
analysis made through Chapter 3.5.1 to Chapter @fll. be discussed keeping in mind
these criteria for a good and bad distribution.

Table 3.4: Fretting coefficients and its distriloaticoefficients.

ezt Wawve Fretting

mean value =igma
Case height prob. Pozitive negative  positive  negative
1 2.80 100 % 0.175 -0.154 0.011 0.011
2 4.85 77.5% 0.143 -0.142 0.017 0.013
3 7.45 42 8% 0.115 -0.123 0.038 0.021

Looking at Chapter 3.5.1 it can be observed thahigher waves the mean value of the
fretting coefficient is smaller and the spreadh# fretting coefficient gets wider (Table
3.4). The drop in mean value can be explained kyitlcreased thrust and a wider
spread is expected for heavy seas (in high wavdsotdynamic forces oscillate more
than in calm sea). The analysis carried out in @rap.5.2 and 3.5.3 shows similar
trends for increase in wave height at medium and fom. Since the analysis done
predicts fretting in low waves (Test Case 1) therease of wave height reduces the
fretting motion for the investigated propeller. Hower for another propeller, with a
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low prediction of fretting motion, the increasewave height may cause fretting due to
a wider distribution of the hydrodynamic forces.

Looking at Chapter 3.5.4 and 3.5.5 it can be oleskthat reducing the rpm increases
the chance of fretting. The mean value of theifrgttoefficient stays around a constant
value but the distribution of the fretting coeféat is much wider for low rpm. This can
be explained by a simple sensitivity analysis effitetting coefficient k:

M SM
foog Don® o Oten 0¥ _OT (3.53)
T f M, T

frett sp

Looking at Figure 3.20, the oscillations in thrasé much smaller comparing to their
mean value, while oscillations in spindle torque @ruch bigger. Therefore, the second
part of equation (3.53) can be neglected since much smaller than the first part.
Than:

O e = (3.54)

Since for the same sea state the oscillations imdEptorque are the same and thrust
drops with decrease of rpm, the distribution oftiing coefficients gets wider for lower
rom. Due to lower rpm the thrust and centrifugaicés go down; this reduces the
friction in a blade bearing and fretting motiomisre probable at lower rpm.

Looking to Chapter 3.5.6 it was not possible towd@ny solid conclusion for the
influence of wave direction: the largest risk oétfing has been observed in waves
coming from 90 degrees.

Looking at Chapter 3.5.7 it is clear that a redudeaft has a big influence on fretting
behaviour. The mean value of the fretting coeffitiecreases and the distribution
becomes wider at reduced draft. The explanatiothieris the same as for reducing the
rpm.

3.7. Conclusions

- This chapter shows the importance of maximal vahsedesign criteria. If only
mean values of spindle torque are considered dvagylooks nice and firm.
This analysis shows there is much small movemetttemrmechanical assembly
of a CPP.

- Fretting motion in the blade bearing is caused mpmbination of wakefield
distribution and blade design. A wakefield with Inigariations in the wake
factor is more probable to cause fretting motiarchsas is the case for large
single screw vessels. Nicely balanced blades wltdwavalue of mean spindle
torque are easier to move around their z axis tilades with higher mean
spindle torque.

- To completely avoid fretting, the variations of rsglie torque must be lower
than the Coulomb friction torque.

- Risk of fretting decreases with increased wave htefgr the investigated
propeller. For other propellers the trend may lfieidnt.
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In heavy seas it is much better to reduce the pitdn the shaft speed.
Reduction of shaft speed leads to a reduction efdbntrifugal part of the
friction force and this leads to an increase ittifng.

Low draft situations are very dangerous for fregtima CPP.

The proposed fretting coefficient can be used @&aliot the fretting motion in a
CPP. However, there is still awareness that thegsed fretting coefficient is
not a final proof that fretting (wear) actually ocs although it seems the best
available method so far.
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4. Motions

The amplitude of fretting motion is one of thecideve factors in determining
the total amount of fretting wear. The blade bepoha CPP is exposed to loads and
moments resulting from hydrodynamic, centrifugald aactuating (hydraulic) forces.
Motions in a blade bearing can occur due to thegbaf pitch by a hydraulic system,
or due to vibrations generated from an oscillatiggrodynamic spindle torque. Here,
the investigation focuses on the motion causednbgszillating hydrodynamic spindle
torque. It is reasoned that this motion has a tilg#retting nature, or in other words,
a small amplitude and high frequency. The effe€tarooscillating spindle torque on
motions in the blade bearing are not fully clearfudly understood. While Chapter 3
“Loads” describes when the fretting motion stattis chapter investigates what
happens after the process begins. The amplitutteedfetting motion is the focus and
the parameters influencing the amplitude are dissais

This chapter begins with an overview of generattion behaviour and friction models.
It continues with experiments of the friction belwawr of materials used in a CPP.
These experiments provided useful information alibet presence of static friction.
Additionally, results were used as an aid in selgahe most suitable friction model. A
simple model of a CPP mechanism was developddatiab Simulinkenvironment.
Answers to the above stated questions are givamplementing the selected friction
models into the model of a CPP mechanism. Resnilgated the existence of a
fretting motion with an amplitude lower than 1 mon the investigated case.

4.1. Friction

Friction is a complex phenomenon, characterizettdnysitions in its behaviour, and at
the same time, it is dynamic and non-linear. Irsgdh, 1997], it was stated that friction
forces are the result of different mechanisms thegiend on contact geometry and
topology, properties of the bulk and surface materof the bodies, displacement and
relative velocity, and the presence of lubricatieor physical explanation of friction, in
[Persson, 2000], it was stated thatlhe friction forces observed for macroscopic
bodies are ultimately due to the electromagnetic foloetsveen the electrons and
nuclear particles. Thus, an exact treatment of the itesa between two solids would
consider coupling between all the electrons and nudeig microscopic equations of
motion for these particles (quantum electrodynaniicS)nce wear and friction are
related terms, this explanation for friction forée of essential importance in
understanding not only the friction phenomena, wear phenomena as well. This is
why the simple wear models are not correct. Thishei elaborated more in Chapter 7.
Real contact between two surfaces is achieved anthe asperities in contact. The
asperities each carry a part of the normal loadlithng contacts between flat surfaces,
which are of interest for this investigation, friet can be modelled as elastic and
plastic deformation forces of asperities in con{@dwden, 1950]. For each asperity
contact the tangential deformation is elastic uthid applied shear stress exceeds the
shear strength of the contact, whereby it becorassip.
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4.2. Friction behaviour

Friction is influenced by many different parametarsl characterized by a variety of
behaviour aspects. As such, friction is very diffico model. A perfect friction model
would contain all behaviour aspects and includerelkvant parameters. The main
aspects of the complex friction behaviour are preskhere.

— Different lubrication regimes:

Figure 4.1 shows friction forces in a lubricatedrjmal bearing as a function of velocity,
lubricant viscosity and pressure in the bearingniioned in a non-dimensional,

Stribeck number. This curve is known as the Stkb@urve [Stribeck, 1903] and it

shows three different lubrication regimes. In timgestigation, due to low speeds and
high loads, it is always a boundary lubricationimes

&

Friction coefficient [-]
j
m
O

log (nu/pl[-]

Figure 4.1: The Stribeck curve: Different lubricatiregimes as a function of the rotation veloaity, (
lubricant viscosity1), and pressure (p): A) Boundary, B) Mixed, andHg§irodynamic.

— Static and kinematic friction:

More relevant for this investigation is anotherdyg transition in friction behaviour.
The force needed to initiate a motion is (ofterghierr than the force needed to maintain
the motion of two bodies in contact. Thus, frictioan be divided into two main
regimes, namely, pre-sliding and gross sliding mesg. In the pre-sliding regime,
friction is characterized by displacement.

pre-sliding | gross sliding

i~

friction coefficient [-]

displacement [pm]

Figure 4.2: Experimental results in [Rabinowicz51p
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Instead of presenting friction force as a functdrvelocity, in [Rabinowicz, 1951] the
author presented friction force as a function apticement as shown in Figure 4.2.
Friction during the pre-sliding regime is calleé@tst friction, and friction during the
gross sliding regime is called kinematic frictidrhe force required to overcome static
friction and initiate motion is called the breakawforce.

In [Johannes, 1973] it was experimentally found tha break-away force depends on
the rate of applied (tangential) force. The breaiyaforce was measured for different
rates of tangential force. Figure 4.3 is the sunionatf results from those experiments.
On the x axis, the force rate is shown as a funabiothe tangential force rate divided
by the normal force K,/ N Higher break-away forces for low rates of tarigen

force are explained by an increased true contaed. adowever, in the pre-sliding
regime, the adhesive forces are dominant [Al-Beng@04]. Adhesive forces refer to
all tangential forces resisting the motion arisiagn a variety of sources, independent
of forces arising from geometrical deformation eperities in the tangential direction.
It is highly likely that the force rate has an ughce on the adhesive part of the friction

force.

Break-away farce [M]

¥

Force rate [115]

Figure 4.3: Break-away force as a function of tite of application of the tangential force

Behaviours shown in Figure 4.2 and Figure 4.3 wit be explored in detail in this
investigation. They are presented here solely tiwstihe complexity of friction. For
further explanation, the reader is directed to $Ben, 2000]. Having said this,
behaviours shown in Figure 4.2 and Figure 4.3 heedain relevance for this
investigation. Theoretically, it is possible to @elthe unwanted fretting motion by
choosing the contact situation (materials and aation) with higher static friction
coefficients, and by applying a low rate of extéfoeces (spindle torque). Implications
of this solution are discussed later in Chapter 4.9

- Pre-sliding displacement:

The microscopic motion that occurs before the gsiglng is called the pre-sliding

motion. As long as the applied (tangential) forsebelow the break-away force and
kept constant, the displacement will remain cortsdanwvell. Some parts of the contact
will exhibit micro slip, while some parts will renmaunbroken. When the applied force
is decreased back to zero, not all the displacemé&hbe recovered. This hysteretic
character of the pre-sliding regime is shown inuFég4.4. It can be seen that the
displacement deviates from the elastic line (dashé&the pre-sliding displacement is a
sum of two displacements, the elastic (reversiate) plastic (irreversible). The dash-
dot line shows what would happen if applied foroatmued to rise until the gross slip
occurs.
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Tangential force [M]
s

[

Dizplacement [pm]

Figure 4.4: pre-sliding displacement during the@ase and decrease of applied tangential force

Many authors, including [Worden, 2007] and [PayliZD04], explore the pre-sliding
problem by combining it with experiments and diffiet modelling techniques. For
further information on the identification and mddej of the pre-sliding regime, the
reader is directed to those references. Here,rislgling regime is presented to aid in
understanding partial slip as a fretting mechanism.

— Friction hysteresis:

Figure 4.5 shows three possible hysteretic behawiotifriction force. The first curves
show only the pre-sliding regime, while the thindnee shows pre-sliding and gross
sliding regimes. In Figure 4.5a, there is no ptasteformation, and pre-sliding
displacement is purely elastic. The second curvgure 4.5b, shows a friction
hysteresis during the pre-sliding regime, with #ffect of plastic deformation. The
third curve, Figure 4.5c, shows gross slip regiarg has a previously mentioned drop
in friction force. These three curves are typiaal three types of fretting motion and
fretting wear; no slip, partial slip, and grospsli

Friction

\:rictinn

=
2
2
displ. &/ displ. / displ.

A B c

Figure 4.5: different hysteresis loops of frictimnce as a function of displacement: a) elastiqdi}ial
slip, and c) gross slip

4.3. Measurements of friction in a CPP

It is difficult to determine the pre-sliding dispkment due to the fact that a
sophisticated test apparatus is needed [Worden/]26{&re, an attempt is made to
capture the transition from pre-sliding to grosg&lisg with the apparatus and
specimens as described in Chapter 5.4.1, Slidingur\We set of experiments was
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undertaken in which the hydraulic pressure in tbator slowly increased until the
motion began. Figure 4.6 shows the measured fnicttoefficient and angular
displacement during one of the experiments.

The investigated material pair was 42CrMo4 steell ZuUNiAl bronze, with a
lubricated contact, exposed to a 48N/mm? load. higkest friction coefficient is 0.115
at 0.25 degrees of angular displacement, or 100jdmear displacement. The value of
the kinematic friction coefficient is 0.1.

Pre-sliding displacement

0.14

0.12
o1 Jl{‘\\

g

0.08

0.06

0.04

0.02

Friction coefficient [-]

0 2 4 6 8 10

Angular displacement [deg]

Figure 4.6: change from no sliding to sliding fostael and CuNiAl material pair with a load of
48N/mm?

The rate of increase of tangential force was apprately 0.003 N/sN, which was
extremely low. According to [Johannes, 1973] itinsthe range of increased break-
away force. To compensate for the low rate effédhe tangential force, a value of
0.11 is selected for the static friction coeffidcienthe following investigation.
Unfortunately, the apparatus was not adequate forensophisticated experiments,
which would determine the pre-sliding hysteresisvéttheless, valuable information
about the frictional behaviour of materials usedii€PP were obtained. However, in
[Pronk, 1980] the actuating pressures of a CPP wmerasured at the OD box and the
results indicated no drop in the actuating presgite the maximum static friction is
eqgual to the kinematic friction).

4.4. Modelling of friction

Various mathematic models try to capture and desdtie practically observed and
complex friction phenomenon. The most suitable rhddpends upon the purpose of it,
but it is preferable to have a model that accuyatiedscribes all aspects of friction.
Here, the focus is on the amplitude of fretting imotin the blade bearing of an
investigated CPP.

The main division of friction models is betweentistand dynamic friction models.

Frictional memory is a delay between a changeidingl velocity or normal force and

the consequent change in friction. The static ibictmodels fail to describe friction

memory, while the dynamic friction models try tosdabe it with additional dynamics.

For static friction models, the friction force isttic function of velocity. For dynamic

friction models, the friction force is describedibjroducing additional state variables.
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Experiments from Chapter 4.3 are used in selediegappropriate models and its
coefficients for this investigation. Figure 4.7 alsa body with mass m, an actuating
force of F, and resisting friction force: las in experiment in Chapter 4.3. Note that in
all friction models, friction is modelled as a ferresisting the motion and therefore has
negative sign in the equation of motion. The normetssure from the friction
experiment is 48N/mmz, which corresponds to 27 kimal force (N) for the contact
area of samples described in Chapter 5.4.1in FigixeWhen the body is moving, the
Coulomb friction force Fis:

F. =pIN 4.1)
)
-
—»]
Fi |

X

Figure 4.7: the situation as in experiment in Caagt3, here represented for linear motion

In order to explore different friction models, angle Simulinkmodel has been made.
This model shown in Figure 4.8 simulates the caméion described in the friction
experiment for different friction models. An actingt force (F) is represented as a
constantly increasing signal. Friction in the sgstis represented as a block that has
three inputs, namely actuating force, Coulombifsitand velocity. The actuating force
and friction force are summed up, divided for maisthe body and twice integrated to
get the displacement of the body. Notice the demwk block before the integration of
velocity is used in one specific friction model.
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Figure 4.8: Model used to investigate and compagebehaviour of different friction models

Friction force is modelled according to the selddigction model. Different friction
models are tested using the simulation model shiowFigure 4.8. By doing so, the
advantages and disadvantages of each mentioned arediustrated.

4.4.1 Static friction models

Figure 4.9 shows four levels of modelling the foaot force by use of static friction
models. Figure 4.9a shows the simplest model. Model captures the basic behaviour
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of friction. It describes friction as a function @oulomb friction and direction of
motion. Coulomb friction is proportional to normlabd (N). The friction is modelled
as an ideal relay model. Friction force;fs equal to Coulomb friction (5 except
when the velocity X) is zero. Than friction can have any value betwégmand F.

R, =F.sgn(x) (4.2)
= E
welocity velocity
--""""-—-
a) b)
:_é r’/ .5 (—k
= o
welocity /iLJ welocity
c) d)

Figure 4.9: Four different levels of interpretatioinstatic friction models

Figure 4.9b shows friction behaviour, including #ffects of static friction and viscous
friction. By introducing the sum of external forcé&), it is possible to extend the
friction model and describe the break-away force. (When velocity is zero, the
friction force can have any value between; aRd k. Equation (4.3) includes the
effects of the break-away force and viscous fric(ig,):

F.sgn(x)+F, X£0
F (x,F)= F, x=0|F,|<F, (4.3)
F.sgn(F,) x=0]F,|2F,

where viscous friction is usually a linear functiminspeed:
F, = f(x) (4.4)
However, the transition between break-away fricteord kinematic friction is not as

immediate as in the real application. Figure 4mss friction decreasing continuously
from break-away friction to kinematic friction, pgpoposed by Stribeck:

(F, +(F -F.) &™) mgng) + F, () %0
F (x,F)= F x=0F|<F (4.5)
F.sgr(F.) x=0]F,|2F,
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where vs is called the Stribeck velocity. Furthermore, ising Equation (4.5), the
friction force can have any value between aftd F for zero velocity.

To overcome the discontinuity between static anderiatic friction, Karnopp in
[Karnopp, 1985] proposed a zero velocity intervafined by a very low threshold

speed (). Inside this interval|((| <v,), the “output” velocity is maintained at zero by
a dead-zone. Within the dead zone interval, thatidn force is a saturated version of

the external force (max{f:)). Figure 4.9d illustrates the Karnopp model. Eoum
(4.5) therefore changes into:

F +(F -F) ™) mgnk) +F, (%) =V,
I:fr (X'Fe) = I:e |X| < Vth;|Fe| < Fs (46)
Fs Sgr(l:e) |X| < Vth;|Fe| = Fs

The discontinuity at zero velocity may lead to nongue solutions of the equations of
motion and numerical problems when it is used musation. To illustrate this, a

comparison between the Karnopp model and Equatid) (s done. For both models
the actuating force increases from a negative viawe positive value. The velocity of
the body will change from negative to zero and tttapositive value. On the left side,
Figure 4.10 shows the actuating force and fricttonce modelled according to

Equation (4.5) and, on the right side the resultialpcity. The problem of non-unique
solutions for friction force and velocity is visél In contrast to Figure 4.10, Figure
4.11 shows the actuating force and friction foroedelled using the Karnopp model
described in Equation (4.6). Using the Karnopp rhdde problem of non-unique

solution is solved.

4000 1

actuati ”g force
o

m HH‘IH Il 0.67

HH 0.4}

3000 r|

2000 -

1000 -

ol

-1000
-
-3000
-4000 ! ! ! ! ! ! ! 1 ! . . . . . .
0 0.5 1 15 2 25 3 35 4 0 0.5 1 15 2 25 3 35 4

time [s] time [s]

Figure 4.10: Actuating force and friction force netidd using Equation (4.5), left, and the resulting
velocity, right.
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Figure 4.11: Actuating force and friction force netidd using Karnopp model, left, and the resulting
velocity, right.

The drawback of the model in Equation (4.6) is that strongly coupled with the rest
of the system. In addition, there is no pre-slidihgplacement in using the Karnopp
model.

Another approach in overcoming the discontinuityoisapproximate the friction force
by a curve of a finite slope in the vicinity of mevelocity. Within this region, friction
force is assumed to be linearly proportional tooesy. Figure 4.12 shows friction
behaviour using Equation (4.7).

. %/ ug)? . . v
F ()= O/ Va) R, + (R~ F) &) 3gn@) + F, (%) M=o )
fr . 2 . .
(. + (R, —F) 7" Bgn@) + F, (x) {>ve
3000 . . . . . 4000
actuating force
3000 - friction force
2000}
2000}
1000}
= 1000}
g -1000
-1000}
2000
2000}
-3000
30002 o5 o1 005 0 005 o1 0.15 40005 05 1 15 2 25 3 35 4

Velocity [m/s] time

Figure 4.12: Friction force as a function of vetgdieft) using Equation (4.7), resulting from an
actuating force that changes direction (right).

Using Equation (4.7), it is possible to simulate thsults of the experiment. On the left
side, Figure 4.13 shows the actuating force ancutatkd friction force together, and

on the right side, it shows the resulting pre-sliddisplacement. The exact amount of
pre-sliding displacement depends upon a thresipgdds
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Figure 4.13: Calculated friction force (left) andmlacement (right) using Equation (4.7)

The list of static friction models does not endenhefhere are other static friction
models, such as in [Olsson, 1997], and new staititidn models can be made by
combining the above mentioned models. For exangleyarse solution is to neglect
the Stribeck effect but keep the finite slope aftfon force in vicinity of zero velocity.
Furthermore, for this investigation, the effectvegcous friction is not relevant and can
be excluded from the friction model. In that casguation (4.7) can be combined with
Equation (4.2). Figure 4.14 shows the resultingtivn behaviour defined as:

- _ gr(x){F.) X 2 v, 48
fr Sgl"(X) EQFC) |X| <V
Vth
3000 : : : : : : : : : 4000 - -
----- actuating force R
3000 friction force /‘ B
2000 B P
2000 -
1000( g
1000 -
Q
g . -
S of g o e
g 2 e
8 e
E -1000 e
-1000 g ,
"/
2000 Pe
-
L |
2000 g L —
-3000( ’
-3000 I I I I I I I I I -4000 ol I L L L L L L
0.05 -0.04 003 -0.02 -0.01 0 001 002 003 004 005 0 0.5 1 15 2 2.5 3 35 4
speed time

Figure 4.14: friction force as a function of vekydjleft) and using Equation (4.8) resulting from a
actuating force that changes direction (right).

Notice the friction force calculated with Equatiafs8) or (4.7) does not stop relative
motion when an acting force drops below the brea&yaforce. The bodies will creep
relative to each other with a relative velocityglie 4.15 shows the body slowly
drifting under a constant actuating force below bneak-away force. On the other
hand, the Karnopp friction model will not have tdimwback, but it will have zero pre-
sliding displacement.
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Figure 4.15: non-physical drift of a body (righgp@sed to a constant tangential force lower than th
break-away force (left).

One of major disadvantages of static friction medsl their limited richness, which

will result in inaccurate friction models for cartaregions of interest, including the

region of pre-sliding displacement. This lack ot@acy can be a serious problem for
advanced control systems. The practical need fearamkd friction models, combined
with the scientific curiosity, resulted in dynanfiction models.

4.4.2 Dynamic friction model

In order to capture the dynamic behaviour of foti a dynamic friction model

describes friction with an additional state varaldefined by a set of differential
Equations. A very good overview of friction modesn be found in [Olsson, 1997].
The starting point of dynamic friction models i tBahl model [Dahl, 1968] which is
based on a stress-strain curve for brittle maténath solid mechanics. In Figure 4.16
the stress-strain curve can be transformed intw®@oh force-displacement curve by:

Oo

£ =F|1-e % |sgr(x) (4.9)

ooy Ultimate strength or
H Coulomb friction

stress aor friction

strain or displacement

Figure 4.16: Analogy between friction-displacemeuntve and a stress-strain curve

Differentiating it for x, it yields:
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dF. F
d>f< :00(1—chsgr(x)] (4.10)

whereoy Is the stiffness coefficient (in N/m) of the aspejunctions at =0, and x is
the displacement. To obtain a differential equatiothe time domain:

dF, _dR, g R
2 =T 2 =gk 1-—-sgr(x 4.11
dt  dx dt ° [ﬁ . S0) #11)

Introducing internal state z, the friction forcendae defined as:

F, =0, (4.12)
Then:

o o
7=x- ﬁkhi (4.13)

Notice that the Dahl model describes friction oak/a function of displacement and
neglects the Stribeck effect. As a further develeptof dynamic model, the LuGre
model [Canudas de Wit, 1995] is related to the @typ@terpretation of friction. When

a tangential force is applied, the asperities imtact will deflect as springs, which will
result in a displacement. As the displacement asae, more and more junctions will
break until gross sliding occurs. The randomnesdisgflacements originates from the
random distribution of asperities. The internatesi@) can be interpreted as an average
deflection of asperities in contact, and frictiande visualized as a force produced by
bending asperities, which are behaving like spritigrder to introduce the Stribeck
effect, Coulomb friction in Equation (4.13) is rapéd by an arbitrary steady state
behavioug(x):

g(x)=F, +(F. -F.)e " (4.14)
In the LuGre model, friction force is defined afuaction of variable z and velocity as:
F =0,Z+0,Z+0, X (4.15)

During pre-sliding, the actuating force is canagll®y a spring-damper systero (I z

and o, [z). For a very small (pre-sliding) velocity, theshrpart in Equation (4.15)
corresponds to hysteresis behaviour of the frictiorce and for gross sliding, it
corresponds to the Stribeck behaviour. The secent bf Equation (4.15) avoids
undamped vibrations during the pre-sliding regiarg] it vanishes for gross sliding. To
visualize it, the average bending of asperitiesénasnstant value (z=const.) for gross
sliding. The third term of Equation (4.15) corresgs to viscous friction. In this work
viscous friction is assumed zero due to high lazdilaw speed, i.aex,=0.

The LuGre model is very attractive because it dessrfriction in a continuous way
and because of its richness. It captures pre-glidihe Stribeck effect, friction
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hysteresis and it is rate dependant. However, gf@aour of the model is strongly
influenced by the value of parametess, (01, vs) used in the model. This is especially
notable during pre-sliding, when any change in paeameter can have unrealistic
consequences on the overall friction behaviour.gxample, it is possible to adjust the
pre-sliding displacement by increasing the stiffneSasperitiesa), but this will result

in high vibrations of friction force, especially rilg the transition from go to stop. In
[Worden, 2007] and [Hensen, 2002], different tegaes have been used to select the
most appropriate values for parameters in the Lu@oeel. In this work, values for
parameters of the LuGre model are chosen by doirggrssitivity analysis, (see
Appendix B), where the influence of each parametexs investigated. After
investigating the friction behaviour for a numbefr different values of LuGre
parameters, the final values were chosen as anhatsth between the results of the
experiment and the reasoned friction behavioururtéigt.17 (left) shows friction force
using the final values from Table 4.1, under cdodg as set out in the experiment. The
resulting displacement is shown in Figure 4.17h)ig

Table 4.1: parameters of the LuGre model that aeel in following analysis

Parameter Value Unit
g, 1le9 [N/m]
o, 4e5 [Ns/m]
g, 0 [Ns/m]
F 110F, [N]

VR 0.0008 [m/s]

LuGre Friction Model x 107 Pre-sliding LuGre Friction Model
3500 T T T T T T T T T

----- actuating force
3400 friction force

3300+

3200
3100+

WO -

2900 -
2800
2700

2600

Force
Displacement

2500

. . . . . . . . . . . . . . . . . .
3 32 34 36 38 4 42 44 46 48 5 3 32 34 36 38 4 42 44 46 48 5
time time

Figure 4.17: Left: Results of friction force andgplacement using the LuGre model (Table I). Righe
pre-sliding displacement is 140um.

Since the goal for later stages is to model a recgting motion of a very small

amplitude, it is important that the friction forae modelled without too many

vibrations. Figure 4.18 (left) shows friction undar oscillating actuating force. It is
important to note that the rate of actuating fascewuch higher than in the experiment,
it is corresponding to typical wake variations. kimg at the Figure 4.18, the behaviour
of the friction model is relatively smooth and daobus. Vibrations in the LuGre

model can be reduced by increasing but this would lead to a smaller pre-sliding
displacement.
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Figure 4.18: Friction force under an oscillatinguating force (left) and the resulting speed oflibey
(right)

One of the drawbacks of the LuGre model is thealed drifting phenomenon. This
occurs when it appears as if the body is slowly imp\drifting) even though the
actuating force never overcomes the break-awayefdfegure 4.19 (left) shows the
oscillating actuating force with an amplitude belthe break-away force. Therefore, no
motion is expected. However, Figure 4.19 (righwes a displacement. It seems that
the body is slowly drifting. In increasing the siding displacement, the drifting will
increase as well.
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Figure 4.19: Oscillating actuating force is the saam friction force (left) and the body appeamtive

(right)

It is possible to reduce the drift by introducingew parameted. In [Dupont, 2002], a
new elasto-plastic model is proposed. The LuGre @hedhibits a nonphysical drift
phenomenon, which results from modelling the prdirg) as a combination of elastic
and plastic deformation. In elasto-plastic modétg pre-sliding is divided into an
elastic and plastic displacement. It is first pyrelastic and then transitions to plastic.
The asperity displacement (z) has its steady stltee (z9 that corresponds to steady
sliding at certain velocity. A break-away displa@(z,) is defined such that the
model behaves elastically for abs(z)sEquation (4.13) for elasto-plastic model states:

zzx—a(z,x)%z (4.16)
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0 <z,
a m Zba < |Z| < Zss(x) sgr‘(x) = Sgn@)

a(z,x) = ; (4.17)
22 z,(x)
0 sgn(x) # sgne)
With
. z—(z,.+z.)/2
0, (2,2,5,2,) = 05+ O.SSln[T[ @oa * 2) j (4.18)
Zss_zba
And
0<z, <z, (4.19)
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Figure 4.20: Reduction of drift achieved by usihg single state elasto-plastic friction model

Figure 4.20 shows the comparison of drift betwdentivo models. The elasto-plastic
model makes it possible to completely eliminatdtidg when z.~=zss In that case, pre-
sliding is purely elastic.

4.5. Selection of friction model

The experiment in Chapter 4.3, Figure 4.6 cleathpws the Stribeck effect for
materials and loads used in a CPP. However, thpsr@rent alone is not sufficient to
properly validate a friction model. Neverthelegscan be used as a useful guideline.
Most important is that the selection of a frictimodel should be made according to its
purpose. Here, the goal is to estimate the amgitoidfretting motion and validate
assumptions made in Chapter 3 “Loads”. In Chapteit 3s obvious that for the
investigated propellers, the total spindle torquercomes the total friction torque (for
positive and negative values), and therefore, itiitirfig regime is most likely the gross
sliding.

Static models fail to describe friction in a phydig accurate way, but they are
relatively simple to use. In addition to the norygibal interpretation of friction, they
have few other drawbacks. Main problem of statidei® is their discontinuity at zero
velocity. As illustrated in Figure 4.10, some stathodels are not suitable for zero
velocity. The pre-sliding behaviour is also lackirgis possible to simulate the pre-
sliding displacement by introducing a coarse thoskpeed, but it is more of a way to
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overcome the discontinuity than true hystereticavébur. Figure 4.15 shows a large
drift of a static friction model when the actuatifogce is below the break-away force.
All these disadvantages make static friction moagfBcult to use for solving the
problems that are closely related to pre-slidingaweours. However, for gross sliding
problems, the static friction models are very coneet. Their simplicity makes them
easy to use and certainly suitable for quality ysial of gross fretting motion.
Moreover, they are found in a wide range of applce that involve gross sliding.

Dynamic friction models describe friction in a plogly realistic way. They do not
have problems with discontinuity, but can exhibiblgems related to drifting. In this
chapter, the LuGre model was presented in detaal igpical dynamic friction model.
Of course there are other models, such as in [BIjri895], but they all originate from
Dahl's model, and the difference among them istootexpansive for the scope of this
investigation. Dynamic friction models are supeower static friction models for pre-
sliding behaviour. However, their complexity candballenging. The selection of the
right parameters is often crucial and difficult. dequires advanced modelling
techniques and sophisticated measurement equigmeatify the results. In this work,
fretting motion in the blade bearing is investighfer real values of Coulomb friction,
actuating force and inertia. Since real forceshmlllade bearing are much higher than
in the experiment, some adjustment of parametersstad in Table 4.1 are needed.

In the following chapter, the amplitude of the fireg motion will be investigated using
a mass-spring model of a CPP. Two friction modele selected in order to
eliminate/reduce any uncertainty of results caused selection of the correct friction
model. One model is a static friction model andeotis a dynamic friction model. The
selected dynamic friction model is the LuGre modal,defined in Equations (4.13),
(4.14) and (4.15):

F =0,z+0,[2+0,[X
g(X) = I:c + (Fs - I:c )e_(‘x‘/US)Z
0o I:l}(| ¥
g(x)
Since selection of the right parameters in LuGracisieved in a rough way, the static

friction model is used as an additional check sfils obtained form the LuGre model.
The selected static friction model is from Equai{ér8):

Z=X-—

.sgr(x) {F.) X = v,

"7 sorlx) ) X< v,
th

The selected static model does not include thd&tki effect. In order to investigate
the relevance of including the Stribeck effectutessobtained with the selected static
model can be compared with the results obtaineagusguation (4.7). By comparing
results obtained with the LuGre model and the Hqogi@.8) model, it is certain that
the trends (of results) are correct and assumpfrons Chapter 3 can be checked.
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4.6. Modelling of fretting motion

The CPP mechanism is described in Chapter 2. ldesemewhat simplified model is
used to estimate the amplitude of the fretting orofind provide answers on questions
stated in the beginning of this chapter. Figurel4Bows one blade of a CPP and its
actuating pin, yoke in the hub, and hydraulic 8% shown in Chapter 3, the fretting
motion in a blade bearing can be caused by anlatsag spindle torque, and is
opposed by the friction force and hydraulic fortlae friction force acts on the blade
bearing and the hydraulic force acts on the yoke.

slot [, h|E|IZ|E\\

ail blade
bearif|g

I
actuating yoke : spindle
pin || IS o i torgue

o) blade -

bearing [

I

i

spindle
torgue

i .
blade;carrier
oil ;

. i yoke
hub !

Figure 4.21: Simplified drawing of a CPP withoubper scaling of components.

The yoke and the blade are connected via a pimséahanism, whereby the pin of the
blade carrier is located in the slot of a yoke. phreof the blade carrier and the blade
carrier are one body and no elastic deformatiores amsumed. Furthermore, it is
assumed that the blade carrier and blade are gidebady, (i.e. no elastic deformations
and no slip between blade and blade carrier). Togom of the blade carrier over the
blade bearing is considered as the motion in aeblaehring. Moments acting on a
blade (for a non-actuating regime) can be descriyed

| aged =M s Qr —M hyd (4.20)

where the inertia of the blade includes a wateragmed effect. Oil in the hydraulic
system can be presented as a spring with the estfrik. The oil bulk modulus is
defined as the pressure increase needed to gaiel#étiee change in volume:

__yopP
B=-V (4.21)

For the oil used in a CPP the bulk modulus is estiah to be approximately 1.5e9N/m?2.
The oil volume in the hub is estimated at approxelya250 liters and the yoke area is
0.95m2. This gives the length of the oil sprindhe hub as 0.25 meters. The expression
in Equation (4.21) can be modified to:

op B
=-V—=0p=—0V 4.22
P ov P Vv ( )
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If it is assumed that the oil is much more compldsgshan the bronze around it, and
any change in pressure can be represented as gecinahe length of the oil spring:

F_o P ami=or=pla=k, =p2 (4.23)
A Al | |

Therefore, the oil compressibility in this case astimated to be approximately
5.7e9N/m. Figure 4.22 illustrates the mass-sprirgdeh of a CPP, spindle torque
causes rotational motion of the blade carrier andq), which is then converted into a
linear motion of the yoke (%e), which subsequently deforms the oil spring. Rieas
note that, as in Chapter 3, all elastic deformatiare neglected. Moreover, blade, blade
carrier, and pin are assumed as one rigid body.

blade
carrier

fpin
Lﬁr
spindle

targue

Hyroha l

hub
Figure 4.22: lllustration of the mass-spring maasdd in Equation (4.21), (4.22), and (4.23).
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Figure 4.23: Matlab Simulink model of Figure 4.22

Hydraulicresction

Figure 4.23 shows the Matlab Simulink model of pgsical model shown in Figure

4.22. The spindle torque is opposed by the frictmgue in the blade bearing and by
the hydraulic reaction. The hydraulic moment in &tpn (4.20) can be divided into its

mean value and reaction value:

My = MES"+ Mz (4.24)

The mean value of hydraulic pressure is the sama &®lding or non-actuating
hydraulic pressure. The reaction part of the hyldramoment can be written as:

M reaction _ F}:;gction |]pin |]:OS¢ (425)

hyd
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The force generated by the oil spring can be wrids:

Frea™™" = AX g1 [k (4.26)

yoke oil
DX e = Toin [{sing —sin¢,) (4.27)

Where ¢q is the angle where Lﬁc“"" is zero. Figure 4.24 shows the design values of

spindle torque and Coulomb friction in the bladarb&y. In order to better illustrate the
ratio of the spindle torque and friction, the fioct torque is multiplied with the sign of

the spindle torque. In the following analysis, #hdsads are used, if not otherwise
stated. These are the same loads as set out ineCRafor the design case.

250 T ~ 1
Spindle torque

Lot e e R ==-== Coulomb friction []

Torque

|
|
1
| | | | |
| | | |
1 | 1 1 1
50 100 150 200 250 300 350
degree of rotation

Figure 4.24: Design total spindle torque and Couldriction torque in the blade bearing of the
investigated CPP. Friction force is multiplied witte sign of spindle torque.

4.6.1 Adjusting of the LuGre model

In order to describe friction in blade bearing fibesign conditions, there are two
reasons why the values of LuGre model from Table reed certain adjustments.
Firstly, all values in Table 4.1 are given for skting model, but the simulation uses
Equation (4.20), made for rotating motion. Therefaall values in Table 4.1 must be
multiplied with radius of the blade bearing. Sedgnaoefficients of LuGre model
depend on value of Coulomb friction which was miaker for Table 4.1 than for the
design conditions. One way to select a proper vidue, is to assume that the steady
state asperity deflection (¢ is equal for conditions in Table 4.1 and for desi
conditions. Since there is no viscous frictionwil be assumed that the total friction
force for steady velocity is equal to the Coulombtion. Than the steady state asperity
deflection for steady velocity is:

z, =" when(x| > 0) = F (4.28)
00 0-O
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This gives gz= 2.7 um for the value of Coulomb friction in theperiment and fos, as

in Table 4.1. However, in the design conditions,Figure 4.24, Coulomb friction
oscillates significantly. Therefore, the averagéugaof Coulomb friction in design
conditions is used as a reference value. EgZ7pm and an average value of design
Coulomb friction, the new asperity stiffness foe tlotating model is 5e10 N/rad. The
difference between the break-away force and kinienfidttion coefficient will remain

the same. The Stribeck coefficient changes onlyrdtation velocity, where the value
of vsin Table 4.1 is divided by the radius of the bladaring.

Since the asperity stiffness of the LuGre model inaseased, it is also necessary to
increase the damping factes. The damping coefficients{) must be corrected for
more than just a rotation effect. Correction is entaken for design conditions so that
the damping of the friction force is sufficient,thalso takes into effect the pre-sliding
displacement. Figure 4.25 shows the influence efdamping coefficientsf) on the
modelled friction force for design of this Coulorfriction. On the left sideg; is the
same as in Table 4.1, and on the righthas a new value (all other parameters have the
same values). It can be seen that the old valdeg dbes not damp the vibrations of the
LuGre model. The new value af; has been selected so that the vibrations are
sufficiently damped. The final values of the partaredescribing the LuGre model are
listed in Table 4.2, and these values are usdukifidllowing analysis.

x 10° LuGre dumping as in Table | x 10° LuGre dumping as in Table Il
. . . - . 35 . . : . .

----- actuating force ==-== actuating force
friction force N friction force
b A

3
\
1
\
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Force
Force

25 4 \ 4 25}

2 L L L L L L 2 L L L L L L
0 0.5 1 15 2 25 3 3.5 4 0 0.5 1 15 2 25 3 3.5 4

time time

Figure 4.25: Influence of damping factoron friction behaviour. Lefts, is as in Table 4.1. Righ; is
increased until vibrations are damped.

Table 4.2 Adjusted parameters of the LuGre modehfalysis of (rotating) fretting motion in the &
bearing in design conditions.

Parameter Value Unit

g, 5el10 [N/rad]
o, 1le8 [Ns/rad]
g, 0 [Ns/rad]
F 110F, [N]

U, 0.002 [rad/s]

However, the values from Table 4.2 will result idoaver pre-sliding displacement.

Figure 4.26 shows the influence 6f on a pre-sliding displacement for situations
similar to those in the experiment, i.e. with tlaenge rate of tangential force. The only
difference is in Coulomb friction, where it is a sut for the design conditions (which
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is much higher than in the experiment). The fina-gliding displacement is slightly
lower than 40 pm.

x 10 LuGre dumping as in Table | x 107 LuGre dumping as in Table Il
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Figure 4.26: Influence of damping factoron the pre-sliding displacement. Left:is as in Table 4.1.
Right: 6, as in Table 4.2. Note that the conditions are sintd Figure 4.17 but for the design case.

It would be very difficult to actually verify expenentally these values for a real CPP,

as the Coulomb friction is high, parts are huge, mrass and loads are enormous. The
results of experiment are useful to estimate hoguate the parameters in Table 4.2

are. The compromise between the pre-sliding angsgsbding aspects has been made,
the pre-sliding displacement is relatively simitarthe one from experiment and the

vibrations of friction force for oscillating actuag) force are low.

4.6.2 Fretting motion in the blade bearing

The motion of the blade carrier in the blade bepisrmodelled as in Equation (4.20):
| yaged =M sp Qr —M hyd

The calculation is done for the design conditiongh values of spindle torque and
Coulomb friction torque as shown in Figure 4.24td\ihat it is assumed that the mean
hydraulic moment is zero. Therefore, Equation (1c2h be written as:

I bladeqj =M sp - er -M rh?/?jdion (429)

Figure 4.27 shows the modelled motion of the bleaeier, under design conditions,
using the LuGre friction model. The motion is shommthe left side as a function of
the blade position with O degree as the blade’spmgition. In order to have a better
look at the start of the motion and how it contsughe motion is shown for 540
degrees (1.5 rotations of the blade) together wiehCoulomb and spindle torque on
the right. The pre-sliding motion is from 0 degteel75 degrees blades position. The
gross sliding motion starts at the 175 degree ijpositvhen spindle torque overcomes
the friction torque. For a short moment, the défeze between the spindle torque and
friction torque is compensated by the reacting aytic torque (i.e. spring) and it stops
briefly at 198 degrees. Since the difference camtinto grow, the motion continues and
it has a maximum negative displacement (85um) at @&yrees. The spindle torque
then suddenly drops and the sign changes. Thenigagtige of the blade enters the
wake peak region (see Figure 3.6) and the sucti@sspre in the leading edge
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increases. The blade carrier is pushed back byhydeaulic torque (i.e. spring) and
soon the spindle torque (again) overcomes thadnidbrque in the positive direction.

x 10° Motion in the blade bearing Coulomb friction and spindle torque
4 . . . . . . - . . . 250 . .

: Spindle torque : :
| 200 — { === Coulomb friction = = — :" 3
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Figure 4.27: The fretting motion in the blade begr(left) caused by the oscillating spindle torgught)

The maximum spindle torque is when the suction ques in the leading edge is

highest, just before the blade’s top position. Thasults in the maximum positive

displacement (25um) at 325 degrees. After this, ghiedle torque starts dropping
quickly, and the blade carrier begins to move biackhe pre-sliding regime. As the

blade comes full circle, the blade carrier is stillthe pre-sliding regime. The gross
sliding toward zero position will occur after theirsdle torque changes the sign (and
“consumes” friction) at 450 degrees. The bladeieathen begins moving back to zero
position and later, at 535 degrees, the frettirdecgtarts again.

Figure 4.27 indicates a reciprocating small amggtunotion in the blade bearing

caused by the oscillating spindle torque. As stitls, motion can be called the fretting
motion. The total amplitude of fretting motion ihet blade bearing is approximately
110um for design case. There are many aspectscémahave an influence on the
(estimated) fretting amplitude. They are invesegain the following paragraphs.

4.6.3 Influence of friction model on fretting amplitude

The estimation of fretting amplitude can be infloed by a selection of the friction

model. Figure 4.28 shows the modelled fretting orotof the blade carrier, under
design conditions, using two different friction ned&l On the left, friction is modelled

using a dynamic friction model and on the righictfon is modelled using a static

friction model. The selection of friction models svdone in Chapter 4.5. The LuGre
friction model was selected for a dynamic moded] Bquation (4.8) was selected for a
static model:

) C{F, .
- - XSQF(X)EQ ) X2 v,
" ser) ) 1% < vy,
th

Figure 4.28 shows only a slight difference of thedelled) fretting motion related to
the selection of the friction model. In both exaewl the fretting amplitude is
approximately 110um. Furthermore, both models m#iche periods of gross sliding.
However, the richness of the LuGre model is visibie Figure 4.28 (right) shows no
pre-sliding behaviour. It appears that for thisestigation, there is no added value in
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describing the pre-sliding motion. Moreover, theGra friction model required a
difficult process of selecting the correct paramsets shown in Chapter 4.6.1.

x10° A0
1 . . ‘ ‘ ‘ 4

— simple friction model

5

displacement [m]

displacement [m]

L L . . . R L L . . .
0.5 1 14 2 25 3 0 0.5 1 14 2 25 3
time [sec] time [sec]

Figure 4.28: Results for amplitude of fretting neotiobtained using the LuGre model (left) and static
model from Equation (4.8) (right). Amplitude is peated in meters due to its influence on frettiAg.
distance of 100um corresponds to 0.02 degrees ¢il@hge.

The selected static model does not include thé&itki effect. Another static friction
model was tested in order to investigate the relesaf including the Stribeck effect in
the static friction model. Figure 4.29 shows thetting motion in the blade bearing,
where friction is modelled as in Equation (4.7):

E (x) = KIVa) TR+ (F = F) &) [sgng) + F, () %< vy
" .+ F -F) &™) Bgn) + F, (X) %] > v,

x 10° Static model with Stribeck effect

displacement [m]

] |

-10

0 0‘,5 ‘1 115 ‘2 2‘,5 3
time
Figure 4.29: Fretting motion in the blade bearinger design loads where friction is modelled agtcs
model including the Stribeck effect, i.e. Equat{dt)

The result did not change much when using thecstattion model with the Stribeck
effect. The amplitude is the same. In comparingifégt.29 and Figure 4.28 (right), the
only difference is when the spindle torque is niegabut lower than the friction torque,
a period of between 390 and 535 degrees in Figzré #ight). During that period, the
displacement is zero when using the model thatides the Stribeck effect, while for

the model without the Stribeck effect, the disptaeat is slightly above zero (around
10um).
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It was shown that for this investigation the setectof friction model is not influential.
With all tested models, the fretting amplitude im@st the same. Implications of the
selected friction model are discussed elaborateyhapters 4.9 and 4.10.

4.7. Influence of the design and off-design parametersndretting
motion

Fretting motion in the blade bearing of a CPP fluenced by the many design and off
design parameters. It was shown that the investigg@iropeller exhibits a fretting
motion in the blade bearing with 110um amplituded&sign conditions. Here, the
general influence of design, off design, and opemat parameters on fretting
amplitude is explored. The analysis is done foritivestigated propeller, but the trends
are general. Implications of analysis done in tihapter are discussed elaborately in
Chapters 4.9 and 4.10.

4.7.1 Influence of hydraulic holding pressure on fretting anplitude

In Chapter 3, it was assumed that the hydraulic rm@enlding) pressure has no
influence on fretting amplitude. The same assumptias made in Chapter 4.6.2. Here,
an evaluation of that assumption is made. In otdemvestigate the influence of
external (holding) hydraulic pressure on the fngttdisplacement, a constant pressure
was added in a form of constant hydraulic torqueer&fore, in Equation (4.20), the

mean hydraulic torque M 7% ,.) will have values different from zero, while the
spindle torque and Coulomb friction torque areedsit in Figure 4.24:

I bladeqj = M sp - er - M hmy?jan M I’hi’:letlon (430)
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Figure 4.30: effect of positive (left) and negat(vight) hydraulic holding pressures on fretting
amplitude. (3e4Nm is approximately 1 bar)

Figure 4.30 shows the effect of the mean hydrdalique on the fretting amplitude. In
Figure 4.30 (left),M 7" has positive values (3e4Nm and 3e5Nm), and inrEigu30

(right) negative values (-3e4Nm and -3e5Nm). It banseen that the mean (external)
hydraulic torque has no effect on the amplituddisplacement. However, the external
hydraulic torque gives an offset to the vibratioing,. CBV keeps the demanded pitch).
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In fact, mean hydraulic holding pressure can besicemed as a reaction (force) to the
spindle torque. During a non-actuating regime, @RV is closed and a pressure is
created between the yoke and CBV by the spindtgutorin fact, the pressure is created
from all blades, and therefore, it is equal toghe of (mean) spindle torques, or in this
case, four blades.

4.7.2 Influence of spindle torque on fretting amplitude

The ratio of spindle torque and friction torque l@asajor influence on the fretting
motion in the blade bearing. The detailed analgéispindle and friction torque was
discussed in Chapter 3. In order to determine hemsifve the fretting motion is on
their ratio, the value of spindle torque was changed the value of Coulomb friction
torque kept as its original (design) value. Origif@esign) values of spindle and
Coulomb friction torque are shown in Figure 4.2iyuire 4.31 (left) shows the spindle
torque decreased for 20% of the original value @odilomb friction as its original

value. The resulting displacement, Figure 4.31higis 25% smaller than in Figure
4.28
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3 T T T T T 5
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—— spindle

=]

torgue [Nm]

o

3 L L I ! I 10 L L I ! I
0 0s 1 15 2 25 3 0 0s 1 15 2 25 3

time [sec]

Figure 4.31: resulting fretting motion (right) for8 design spindle torque (left)
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Figure 4.32: resulting fretting motion (right) fbr2 design spindle torque (left)

Figure 4.32 (left) shows the spindle torque incedafor 20% of its original value (in
Figure 4.24) and Coulomb friction as its originalue. The resulting displacement,
Figure 4.32 (right), is 25% larger than in Figur2g}

As explained in Chapter 3, the spindle torque tsmh depends on many parameters,
and it is affected by the wake field, which is atél by the form of a ship. Clearly, the

94



oscillation of the blade spindle torque has a gfronfluence on the amplitude of
fretting motion.

4.7.3 Natural frequencies of the CPP or influence of the dft frequency on
fretting motion

The fretting amplitude could be higher if the spintbrque frequency matched the
natural frequency of the system. Moreover, it cdelall to resonance and catastrophe
of the system. Since the CPP is modelled as a spaBsy system, it is interesting to
look at the natural frequencies of the system. @dleulation of natural frequencyd)

is rather simple for the model of four blades, &eyand oil spring in the hub:

w, =~c/l (4.31)

where c is the angular spring stiffness calculasthg the stiffness (), from
Equation (4.23), and design pitah)(

c=k, Eﬁrpin [cosp = 0.65e9 Nm (4.32)

Total inertia of the system is the sum of all indixal inertial moments. The blade
inertia includes entrained water:

| =40, + .= 1.6e5 kgm? (4.33)

yoke
The calculated natural frequency is:
wo=10.1Hz (4.34)

The operating frequency of the syste) {s the blade frequency, i.e. four times the
shaft frequency:

® =4-n/60 = 6.33 Hz (4.35)

It is beneficial that the operating frequency isvéo than the natural frequency.
However, there is one issue that can easily chdrggsituation and decrease the natural
frequency. The value of natural frequency can deseréf the spring stiffness (k) drops.
As reported in [Jelali, 2003], the bulk modulusodfwill decrease with the presence of
air in the oil, and this will lead to a reducedfass (k) and as explained to a risk of
resonance.

4.7.4 Influence of propeller skew and chord length on spindi torque oscillation

The following text explores the possibility of rexlg the spindle torque oscillations
by controlling one design parameter of a propeliee skew or chord length. The
investigation in Chapter 3 raised a concern foeot@P propellers in addition to the
one investigated. In order to investigate how fesduthe fretting motion is in CPP
applications, a comparison of spindle torque anctidn torque was done for the
investigated CPP and similar propellers. The resas shown later in Chapter 6.1,
indicate the risk of fretting being proportionalttee skew angle of a propeller.

95



In [Carlton, 2007], the skew angle of a propellerdefined as the greatest angle,
measured at the shaft centre line, in the projeptade, which can be drawn between
lines passing from the shaft centre line through rid-chord position of any two
sections. The propeller skew tends to be classifietvo types, balanced and biased
skews. Figure 4.33 shows a skew angle, a propsilew, and two types of propeller
skews (balanced and biased skew). The investigateel belongs to the balanced type
of skewed propellers and in comparing them to otfieilar CP propellers it has the
highest propeller skew.

The influence of propeller skew on the performaotea propeller was investigated in
[Bosswell, 1971] and [Oossanen, 1970]. They havesmed and calculated open
water diagrams (thrust, torque and efficiency) dopropeller with 4 different skews.
However, open water diagrams show the mean vali@s/estigated parameters. As
shown in Chapter 4.7.2, the fretting motion is hygtlependent upon the oscillation of
the spindle torque during one revolution of thedblalf the spindle torque oscillation
decreases, it is expected that the fretting ang#itwill also decrease.

Figure 4.33: Definition of a propeller skew angtelawo types of skews.

The influence of the skew angle on the spindleuergf the propeller was explored for
design conditions. The skew angle was varied, kepflie balanced skew type of the
propeller. Forces and moments acting on the blagte walculated using the same tool
as in Chapter 3, the BEM2. Table 4.3 shows theiiffice between the maximum and
minimum value of spindle torque during one revaatias a function of propeller’s
skew. Furthermore, the average value of spindlgutris given in the same table.
Figure 4.34 shows blades investigated in Tablemhi®e Figure 4.35 shows only their
skew lines.

Table 4.3: Spindle torque oscillations as a fumctbpropeller skew
Spindle torque [KNm]

Skew [deg] : :

min max-min average
52.3 259 -225 484 -56.7
49.2* 247 -232 479 -65.8
45.9 235 -240 475 -77.6

*-Design skew

! A mid-chord is mid-point on the line between thading and trailing edges.
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Figure 4.34: Investigated skew angles: left 52 @ ees, centre 49.2 degrees (design), right 45.6edeg

three different skew angles
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Figure 4.35: Investigated skew angles; x axis shpegition of mid-chord point from spindle axis in
projected plane; y axis shows radius of the blade

Skew is an influential parameter of a propelleesfprmance, especially with respect to
load distribution and pressure pulses. Propelletls & high skew have a less varying
load (more even hydrodynamic pressure distributiov@r the blade’s surface than
propellers with a low skew angle. Results in Tahl@ show another important aspect
of skew. During one revolution, the spindle torapiea high skew propeller oscillates
more than the spindle torque of a low skew propdie the same wake variation.
However, the average value of spindle torque isdridor propellers with a low skew
angle.

Besides the skew angle, the type of skew was ased: The biased type of skew is
not favourable for a CPP due to high mean valuetheflade spindle torque, which
will result in high actuating pressures. In thddwaling example the skew angle was not
changed but the propeller skew was rotated arotmed shaft axis. The skew of
investigated propeller was rotated for five degreepositive and negative direction,
where positive direction corresponds to a moredaiagpe of skew. Table 4.4 shows
the difference between the maximum and minimumevaluthe spindle torque during
one revolution as a function of propeller’'s skewayFurthermore, the average value of
spindle torque is given in the same table. Figu6 &hows the investigated blades
while Figure 4.37 shows only their skew lines. Agan be seen from Table 4.4, the
type of skew has a high influence on spindle torogigaviour. The biased type of skew
tends to create high mean values but lower odoillatof the blade spindle torque
during one revolution.
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Table 4.4: Spindle torque oscillations as a fumctbskew type

Rotation of Spindle torque [KNm]

skew [deg] max min max-min average
+5 182 -263 445 -113
Design 247 -232 479 -65.8
-5 317 -199 517 -19.8

)

Figure 4.36: Investigated skew types; left: sketated for +5 degrees to give more biased skew type,
centre: design condition, right: skew rotated degrees to give more balanced skew type.
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Figure 4.37: Investigated skew types; x axis shpagtion of mid-chord point from spindle axis in
projected plane; y axis shows radius of the blade

The influence of chord length on blade spindle wergvas investigated for three
different chord lengths. The chord length is dafias the distance between the leading
and trailing edge. In Table 4.5 the chord lengthaath blade section was increased and
reduced with 10%. Figure 4.38 shows blades witketdifferent chord lengths. The
chord length also has an influence on the spinditgue, blades with higher chord
length values (larger blade area) have lower aeevadues of the spindle torque and
larger spindle torque oscillations during one bleglslution than the blades with lower
chord length values (smaller blade area).
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Figure 4.38: Investigated chord lengths; left: chi@ngth increased for 10%, centre: design conditio
right: chord length decreased for 10%.

Table 4.5: Spindle torque oscillations as a fumctibchord length

Chord Spindle torque [KNm]

length max min max-min average
+10% 311 -232 543 -46.2
Design 247 -232 479 -65.8
-10% 193 -230 423 -89.5

For a CPP the mean value of the blade spindle éopiys an important role; lower
values of mean spindle torque will lead to lowetuatng pressures. It should be
remembered that the values of blade spindle tonigldy depend on the wake field of
the propeller. The analysis done in this chaptenagle for the wake field shown in
Figure 3.6. From the above made analysis it apgbatsfactors which contribute to a
more even load distribution, such as the largemwskagle and blade area, are
favourable for lower mean values of blade spindtgue but have a higher variation of
the spindle torque during one revolution. A higkariation of blade spindle torque is
not favourable for avoiding the fretting.

4.7.5 Influence of backlash on fretting amplitude

All parts in the CPP mechanism are machined withrtain tolerance. These tolerances
will result in a clearance/backlash between theaotg pin and slot in the yoke. For

fretting motion, this means that for a small pardsplacement the yoke and the oil

spring are not in contact. The maximal total bastklavas estimated at 200um in

Chapter 2.10. In the following example, the badklas modelled as a dead zone,
wherein the effect of the oil spring is zero foe tlisplacement of the actuating pin
between -100pm and 100y meters.
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Figure 4.39: The presence of backlash drasticatiyeiases the fretting motion

Figure 4.39 shows the fretting motion for desigmditions (see Figure 4.24), but
includes the effect of backlash. Figure 4.39 indisaa total fretting amplitude of
approximately 500um. The backlash of 200um leadsarioincrease of fretting
amplitude of 400um. This is a drastic increasénefftetting amplitude.

4.7.6 Influence of cavitation and ventilation on spindle toque oscillations

As shown in Chapter 4.7.2 any increase or decrefspindle torque will have an
influence on the amplitude of fretting motion inetlblade bearing. In contrast to
Chapter 4.7.4, where the possibility of reducing d¢iscillations of spindle torque was
explored, here circumstances leading to the inereédspindle torque oscillations are
explored.

The pressure distribution on the blade is affedctgdhe occurrence of cavitation and
ventilation. Consequently, spindle torque is affdctas well. Cavitation will occur
when the hydrodynamic pressure drops below therwatpour pressure. Ventilation
occurs when a large amount of air is sucked inlagidrotation. Ventilation may occur
at reduced draught, heavy seas, and even witheubldde tip protruding above the
water surface. The influence of cavitation on treamvalue of the blade spindle torque
was investigated in [Pronk, 1980]. In [Beek, 200@f influence of cavitation and
ventilation on the variation of spindle torque veasdied. Experiments were carried out
for the investigated propeller and the following rgraetric variations were
systematically studied:

- the effect of the ambient pressure;

- the effect of the propeller immersion;
- the effect of the propeller loading; and
- the effect of the rudder angle.
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Figure 4.40: Effect of ventilation on blade spintleque, accomplished by different propeller
immersions in atmospheric pressure. Right: Effécleitation on blade spindle torque, accomplisbgd
different surrounding pressures. Source: [BeekfP00

Results show the blade spindle torque to be stycaiifgcted by ventilation. Figure 4.40
(left) shows the influence of ventilation on thedé spindle torque. However, for the
investigated propeller, the blade spindle torqueotsaffected by cavitation. Figure 4.40
(right) shows the influence of cavitation on thad# spindle torque. In the same work,
one interesting finding is that cavitation has “mosg damping effect” on the
ventilating spindle torque. Oscillations of spindque are much lower when the
propeller is affected by both cavitation and vextiin, than when the propeller is only
affected by ventilation.

4.8. Influence of fretting motion on hydraulics

In heavy seas ventilation can cause increase ofigptorque and fretting in the blade
bearing. Detecting the presence of fretting motothe blade bearing could be used to
detect propeller ventilation and prevent protrudaighe blade tip. In heavy seas the
presence of fretting could be a signal to the ¢aftareduce speed. One way to detect
fretting motion in the blade bearing is to meagheepressure pulses generated by the
fretting motion. Additionally, the same principleght be used to detect fretting motion
for design conditions. Figure 4.41 shows the pnesescillations caused by the motion
in a blade bearing of only one blade for designd@mns. It is the same as in Figure
4.28 (left), only instead of displacement, the lasg pressure oscillations are shown.
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Figure 4.41: Pressure pulses caused by frettingpmaosing the LuGre model. On the right, zoom
between ¥ and 4" second of the simulation.

In fact, the pressure pulses in the hydraulicsabel caused by the yoke motion, which
is created by fretting motion in all blade bearin§sce the yoke of investigated CPP
holds four blades, it is necessary to include alirfblades in order to investigate
pressure pulses in the hydraulics. To investigageetfect of four blades on pressure
pulses in hydraulics, the force acting on the yiskgresented as a sum of four resulting
forces, with a 90 degrees phase difference. Eawh i Figure 4.42 represents the
difference of the spindle and Coulomb friction teegfor each blade (bearing). Figure
4.42 (left) shows four forces acting on the yokenf each blade, and Figure 4.42
(right) shows their sum.
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Figure 4.42: Motion in four different blade beadngdeft) and their resulting sum (right).
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Figure 4.43 shows the comparison of pressure pwsgsated with the LuGre and
Equation (4.8) friction model. The input force festimated pressure pulses is the sum
of torques shown in Figure 4.42 (right). In botlses, amplitude is relatively similar.
Using the LuGre friction model, it appears as iérthis a slow fluctuation of the
amplitude of the pressure pulses, while with thediign (4.8) model, there is no such
fluctuation. This is probably a swaying effect bktLuGre friction model which is
introduced by additional spring stiffness in thed®looo).

The opposite blades will reduce the resulting foecel this is reflected in lower
amplitude of pressure pulses in Figure 4.43 thaRigure 4.41, where pressure pulses
were estimated only for one blade. Important to tenis that these figures do not
include friction in other parts of the CPP mechamigor example pin-slot, yoke-hub,
etc. The friction in other parts will reduce thegsure pulses even further. Having said
this, there are numerous practical obstacles tectigiressure pulses in the hydraulics
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caused by fretting. For example, one of the problenwhere to position the sensors. If
pressure sensors are put at the end of the sl&firibbable that the pressure pulses will
suffer from attenuation (the gradual loss of inigf)s

X 10 LuGre x 10° Static Friction Model

pressure [Pa]
pressure [Pa]

K . . I I K . . . . .
1 15 2 25 3 3.5 4 1 15 2 25 3 3.5 4
time time
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Figure 4.43: Up: pressure pulses estimated by tiig&ré model (left) and static model (right). Bottom:
zoomed betweer®and 4" second of the simulation using LuGre model (rigimt)l static model (left)

A mistake could be made if the resulting torquedakulated as a sum of four spindle
torques and friction torques. By doing so the sigirtdrques of opposite blades, blades
with 180 degrees phase difference, would compensath other and the sum of

spindle torques would appear to be lower the suinction torque. Figure 4.44 shows

the sum of four spindle torques and four coulonttiém torques. It appears that the
sum of friction torques is higher than the sum mhdle torques (in absolute values).

Thus, it appears that there would be no motion, thist is not correct because: the
calculation must firstly be done per blade and ltegpforce on the yoke is the sum of

four force differences.
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Figure 4.44: Four spindle torques with 90 phastedihce have been added (green line) and they eppea
to be lower than the sum of four Coulomb frictionques (blue line).

The pressure pulses estimated in Figure 4.43 aredban a relatively rough analysis.
The situation is much more complex and it callsdamultibody analysis. Additional
influence, on the pressure pulses, may come fra@mb#cklash. The backlash in the
CPP mechanism will mean that not all blades areghan contact with the yoke.
Potentially this can lead to 16 different contaittiagions (one blade and yoke in
contact, two blades and yoke in contact, etc). heee, motion in backlash causes
impacts when bodies get in contact and impactsdccauise additional vibrations in the
system. How big these additional vibrations will lbepends on the impact and how
elastic the impact is. This remains for future stigations.

4.9. Discussion

The ratio of spindle torque and friction in thed#dabearing determines the existence of
fretting motion. In order to avoid fretting, two togns exist - to decrease the spindle
torque or increase the friction force. For examjilés possible to increase the friction
by increasing the Coulomb friction and/or break-piicrce. The Coulomb friction can
be increased by increasing the normal load oridnctcoefficient. However, these
options are not recommended as they imply highealdoThe break-away force can be
increased by a lower rate tangential force, anddbing so, it is expected that the
fretting motion would be delayed and possibly retluddowever, the rate of tangential
force, spindle torque in this case, is too higmtake this solution feasible.

The only sound solution to reduce the fretting wrotis by reducing the oscillations of
spindle torque. In Chapter 4.7.4, the relationmhdle torque oscillations to the skew
angle of the propeller was investigated. In a peattvay, it was shown how to reduce
the spindle torque oscillations for a given wakadi As a result of relatively even

pressure distribution, high skew propellers aréeeds rotate around their spindle axis.
As seen in Table 4.3, the average value of a spitatue is lower for a high skew
blade. The low value of average mean spindle tormgag&es it easier to change the
pitch, and it reduces the actuating hydraulic presss This is very important for a CPP.
On the other hand, such a highly mobile situatefavourable for the fretting motion

in a blade bearing. In Table 4.4 and Table 4.5inflaence of the type of skew and
blade area on the behaviour of spindle torque wasepted. From Chapter 4.7.4 it
appears that factors which contribute to a more évad distribution, such as the larger
skew angle and blade area, are favourable for laowean values of blade spindle
torque but have a higher variation of the spindigue during one revolution. There are
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other parameters of blade geometry which might havenfluence on the spindle
torque. It is recommended to investigate theii@fice in future research.

Of course, oscillations of spindle torque are ati influenced by the wake field of the
propeller. As the leading edge of the blade enteeswake peak region, the suction
pressure in the leading edge increases and the Blaiddle torque increases sharply.
The hull form of a ship has an influence on a ghipiotions in heavy seas. The
experiments done in [Beek, 2006] indicate stronfgotfof ventilation on spindle
torque. Oscillation of spindle torque can incre@ee with the presence of ventilation.
Ventilation occurs at low draught or it can be ioéld by the ship’s motions when the
propeller tip gets close to the water surface. Assalt of ventilation, fretting motion in
a blade bearing can occur even in cases whereesigrdspindle torque is below the
Coulomb friction torque. The form of a ship doeg paly influence fretting by the
wake field, but also by ship motions in heavy seas.

The measurements of friction described in Chapteickearly recorded the presence of
the Stribeck effect. It is estimated that the ddfece between break-away force and
kinematic friction is approximately 10 percent. Te@me value of dynamic friction
coefficient was also measured on a different tettips presented in Chapter 5.
Moreover, the measured value of the dynamic frctoefficient is in line with the
design and service experience.

The model of one blade and oil spring is very semplut useful. Much effort has been
put into the selection of the appropriate frictiorodel. The results of the fretting
amplitude were compared for two different frictiomodels, one static and the other
dynamic. The selected dynamic model, the LuGre mosleows very complex
behaviour, but it takes significant effort to seéléwe right parameters. On the other
hand, the static model is not as complex, as it shat describe pre-sliding in a detailed
way. However, the fretting amplitude is not affectey the selected friction model.
With both friction models, the amplitude of thetfieg motion is estimated to 110um.
For the investigated propeller, both models shoevftietting motion to be the gross
sliding fretting motion. Here, an additional remadn be made by looking at the load
distribution around the blade bearing in Chapteard] fretting wear as explained in
Chapter 2. There is always a part of blade beagxgpsed to partial slip fretting
motion if the both sides of the blade bearing (imer&d outer) are loaded. However, the
specific wear rate is lower for partial slip thaw §ross sliding. The model in Chapter
4.6 has no damping effect, and oil is modelled @dya spring. However, in [Bakker,
2005], a strong dependence of actuating pressuractuating (pitch) speed was
recorded. This leads to the conclusion that theous friction and damping are very
pronounced. If the damping effect is present inPPCit can be expected that it would
have positive effects, and that the fretting armadkt should be smaller, and the danger
of resonance reduced. In Chapter 4.7.3, the impoetaf natural frequency for large
CPP’s was illustrated. Due to the large inertialnmeats, the operating frequency of a
large CPP is close to its natural frequency, amdddinger of resonance is present. In
this case, in the author’s opinion, these two fesgues are too close. It should be
remembered that the presence of air in oil has gmifgiant influence on oil
compressibility. The small presence of air can geaihe compressibility by a factor of
10, and brings the operating and natural frequeéacthe same value. In addition to
damping, there is another question related to tbdeainpresented in Chapter 4.6. The
hub of the CPP was selected as a ground point. tenweil in the hub and oil in the
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pipe are connected. Following the same calcula®in Equations (4.21), (4.22) and
(4.23), the stiffness of the oil spring in the pipenuch lower than the stiffness of the
oil spring in the hub. If the end of the shaft (CBVthere) is selected as the ground
point, the mass of the hub and shaft should prgbbbltaken into the calculation of

natural frequency.

In addition to the spindle torque itself, the maigiificant influence on fretting motion
is clearance in the bearing (backlash). In Chagtéss, it was shown that most of the
motion will occur within the backlash of a CPP magism. In fact, a fretting motion
for a mechanism with the backlash (500um) is latpan the sum of the fretting
motion for a mechanism without backlash (110umy #re backlash (200pum). This
leads to a conclusion that the blade picks up mhdit momentum within the backlash.
The first instinct to reduce the fretting motionteshave smaller tolerances. However,
the tolerances of a system are very important fevgnting the seizure of a system.
The danger of seizure is present if worn out padioxidise and stay stuck in between
two parts. In this work, the backlash is modellschalead zone and impact between the
actuating pin and the yoke is purely plastic. lal Igtuations, it might be possible that
some amount of elastic impact occurs and create® smlditional vibrations. This is
especially true if involved masses and forces atemely large. The issue of backlash
and multi-body dynamics is very complex and requgeme future attention.

In Chapter 4.8, it was shown that if fretting oGupressure pulses in the hub are
expected. Pressure pulses created by all four blaesmaller than the pressure pulses
created by only one blade due to the phase diferdretween blades. However, the
situation is much more complex and it requires reitonulti body investigation which
will include effects of backlash. The potentialtbifs issue is larger than only detecting
the existence of fretting wear. Theoretically, #a@ne principle could be used to detect
ventilation and indicate to the captain to reduee ghip speed in heavy seas. It is not
clear if it is really feasible to detect these ptes pulses at the other end of the shatft,
where the CBV is. In examining the measurement dioiPronk, 1980] and [Bakker,
2005], the behaviour of the actuating pressurd@tGBV is somewhat different than
expected. They recorded no Stribeck effect and hawvery strong presence of viscous
friction. Most likely, it is necessary to measuhe thydraulic pressure directly in the
hub to be able to detect the fretting motion inlitale bearing.

4.10. Conclusions

The fretting motion in the blade bearing of a CRuss when spindle torque of the
blade overcomes the friction torque in the beari@her parameters that can
significantly increase the fretting motion (maybese become governing factors) are
draught, skew, mass (size), ship form, and backlfaiie mechanism.

Here, the goal was to provide answers to quesstated in the beginning. In that
respect, it can be stated that:

- The amplitude of fretting motion in the blade begrifor the investigated
propeller is approximately 100um for design case;

- The hydraulic holding pressure cannot oppose thigirfig motion. However, it
is possible that additional friction could be gerted by the hydraulic holding
pressure, namely in the pin-slot bearing and gaal of the blade bearing. The
hydraulic holding pressure will hold the demandgdhp
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Theoretically, fretting motion in the blade bearisigould create the motion of
yoke and pressure pulses. However, it is not likelpe able to detect them in
the OD box;

The influence of backlash on amplitude of frettmgtion is large. Amplitude
increases not only for the clearance in the bedtmagklash is 200um), but the
body picks up additional speed and gives a to#dtifrg amplitude of 500um;
and

Ventilation increases the spindle torque drasticalhd as such, can introduce
fretting motion.

Additional remarks that can be made:

The type of friction model was not important in kwsding fretting amplitude of
gross slip motion;

The natural frequency of the investigated systerdaisgerously close to the
working frequency;

The influence of spindle torque on fretting motisndirect. A low oscillating
spindle torque is beneficial for reducing the frejtmotion;

The skew angle, skew type, and chord length obagiler have an influence on
load distribution over the blade’s surface. As sutttey can influence the
mobility of a blade around its spindle axis; and

Reducing the backlash will help in reducing thdting motion. However, in
the case where fretting motion results in frettiwgar, the worn debris of
material can get stuck in the bearing, where it @adize and cause seizure of
the bearing.
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5. Wear experiments

Wear as a failure mechanism can lead to two faioeles of a blade bearing, namely
worn-out and seizure. Wear experiments contribota better understanding of wear

and friction in the blade bearing of a CPP as lafaimechanism. The main parameters
needed for experiments, such as load, motion, aatkrials, have been defined in

previous chapters of this thesis. In this chapteaccordance with the main goal of the
thesis, 9 experiments were carried out on 4 diffetest setups with more than 70 test
samples. The following text presents the testirg@dure, results and discussion of the
experiments done.

5.1. Introduction

In order to present the parameters for tests domleis chapter, a short overview of the
previous findings is presented here.

In Chapter 2, materials and mechanism of a CPP@sented. It was stated that the
focus of this investigation is on the blade beawnhg@ CPP due to its high loads and its
influence on the size of the hub. In turn, the taibe has an influence on the
hydrodynamic efficiency of the propeller. Failurescurring in a CPP that are of
interest for this investigation are the total antoafriwear exceeding the allowable wear
(worn out CPP) and seizure of a CPP mechanism. materials used for a blade
bearing are usually a CuNiAl and Mn-Al bronze conabion or a CuNiAl and Ni-Cr
steel combination for high load application. Adalitally, despite the fact that it is
known that PTFE (Teflon) coatings have bad wedstasce characteristics, two types
of PTFE coating are tested because of their aitteafriction characteristics.

In Chapter 3, loads in the blade bearing were aedly While loads during pitch
actuation (actuating regime) are straightforwahneé, lbads in blade bearings during the
non-actuating regime vyielded more interesting tssulHigh oscillations of
hydrodynamic spindle torque, in combination witlvell-balanced blade, can lead to a
fretting motion in the blade bearing. Moreover,eixamining the practical experience
with CPPs, there are reasons to suspect thainfyaitear may occur in some cases and
the damage caused by it may be significant.

In Chapter 4, the amplitude of the fretting motwas analyzed. It was shown that the
amplitude of the fretting motion depends upon tleamance in the mechanism, but that
it is less than 1mm. The frequency of the frettimgtion was shown to depend upon the
shaft rotational speed.

In addition to the fretting motion, there is a gradiding motion in the blade bearing.
For the sake of completeness, it should be stdtadit is possible to make a sub-
division of gross motions generated by the hydcaslystem into large and small
amplitude sliding motions. Large amplitude slidimgtion is caused by the hydraulic
system and has a low frequency. The largest andgliaf sliding motion is from full-
pitch ahead to full-pitch astern, for example dgrthe crash-ahead manoeuvre. The
large adjustments in pitch may occur only a fewesna day for large ships, and a few
times an hour for tug boats. The small amplitud@irey motions would be the small
pitch adjustments, they are relatively frequente(gvl0 to 120 seconds) and have
amplitude of between 0.5 and 5 degrees. The eiqates depend upon many things,
such as leakage, sealing, control strategy, etc.
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5.2. Experiments for wear

The reason for performing a wear test is to proda that can be applied in a way to
increase life, reduce cost and maintenance, anckase reliability. Of course, in
addition to this end result, the test should previde data about a wear mode, wear
behaviour, wear coefficients, as well as identifg transition points, etc. As discussed
previously, the nature of wear is very complex. reh&re several mechanisms of wear,
each of them sensitive to numerous parameters andetessarily in the same way.
There is no single, unique and universal paraniktgrcan be used to characterize wear
behaviour. As a consequence, there is no singlguarand universal wear test. Also,
as mentioned previously, wear is not a materiaperty, and wear tests do not provide
us with definite material characteristics that daa related directly to all possible
applications of tested materials. As a result oksal wear mechanisms and numerous
parameters, a question that arises is which weairg¢he most appropriate. The key to
the relevance of any wear test to the applicaties In the degree to which the
application is simulated in the test. However, éasing the realism of the test increases
costs and decreases the control over the experiarehthe overall understanding of
experiment.

There are several levels of wear experiments. ¢h @ear experiment, the intention is
to simulate a wear situation up to a certain leVake most basic level (first level) is a
simulation in terms of the general nature of a wetaration. The first level simulation
is concerned with representing the basic facthefwearing process, such as the type
of motion (sliding, rolling, and impact), lubricat®r un-lubricated, two- or three- body
abrasion, erosion, etc. The second level simulasarlated to the values of the key
parameters in the wear situation and the rangéaset key values. Examples of these
parameters are speed, load, stress, and temperBiigrehird level simulation replaces
the actual wear situation, while all parameters f@adures are similar, if not identical
to those in the application. The highest level ebwtests would be taking results from
the field and measuring the wear within the actoathines that have been in use.

For wear processes that are not fully understdaasl bieneficial to begin with the higher
level simulations to gain the perspective of therall wear behaviour. After the second
or third level simulation, it is possible to defigdtical mechanisms and parameters.
Then, the critical mechanisms and parameters catedted in a well-controlled first
level simulation. The general recommendations fyr\aear test are to:

- carefully specify the reasons to perform the test;

- select tests that will provide closest possiblemdsance;
- ensure that the correct wear mechanism is beitgdeand
- select a test which is quick, controllable and tmst.

Different authors have different interpretation®aithe number of test levels, but the
trend is the same. Most simple tests (level onaillsition), such as pin on disc or ball
on a flat surface, provide a good understandingwefr mechanisms, but their
correlation with the real application is not asacleOn the other hand, increasing the
simulation level will result in better correlatiobut the understanding of the wear
situation will decrease. The repeatability and oandf experiments is higher for low
level simulations than for high level simulations.
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5.3. Selection of wear experiments

In accordance with the goal of the thesis and previfindings, two types of wear
experiments are selected:

1) Sliding wear experiments;
2) Fretting wear experiments.

The goal of these experiments is to explain theuanstances that might lead to the
seizure of a blade bearing, quantify the wear bielavof the blade bearing for
different material combinations, and evaluate tiilience of fretting wear.

Sliding wear experiments will describe the wearawebur of a blade bearing during
the large change in pitch. In order to cover théeraction of different wear
mechanisms, the second level simulation is seldctedliding wear experiments. The
main difference from the real application is in tbad distribution. In the experiments
it is simplified and only one side of the bearingl Wwe uniformly loaded, while in the
real application, bending moments create a nomumifoad distribution on both sides
(see Figure 3.8: the coefficient u is larger thamm the experiment). However, other
parameters such as load, lubrication, speed, amdpliof motion, surface finishing, and
temperature will be the same as in the real apgicaSliding wear experiments are
done on two different set-ups in order to confisults. In total, seven experiments
were done which include four different material rpaand 61 tested samples. The
sliding wear experiments are named Wear Test 1¢arWest 7.

Fretting wear experiments describe the wear bebhavwd a blade bearing during
fretting motion. Experiments were done on two défg set-ups and the selection of
fretting wear experiments was based on the goa¢xériments. In order to determine
the influence of fretting amplitude on the total amt of fretting, first order
experiments were selected. More precisely, the dallflat surface experiment was
selected. The influence of lubrication on frettiwgar was also investigated in a first
order simulation, but on a different set-up. Weast§ 8 and 9 include ten fretting
experiments, five for different fretting amplitudasd five for influences of lubrication.

5.4. Sliding wear experiments

Sliding wear experiments (Wear Tests 1 through & done on the test setup
specifically designed for these experiments in ortie simulate the actual wear
situation as accurately as possible. Sliding wepeement Wear Test 7 was done on a
different setup, which is described further on.urg5.1 shows the cross-section of a
CPP and the blade bearing that was investigateslidimg wear experiments, a blade
bearing was simulated with two parts, a bush amgl fThe contact situation is shown in
Figure 5.1 (right). The bush part will represerivlade carrier and the ring part will
represent the hub. In experiments, the wear siimas simulated by applying the load
and a reciprocating rotating motion on the bush.
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Figure 5.1: Sliding wear experiments are focusetherwear of the blade bearing, typically on theein
side where the loads are higher.

5.4.1 Testing procedure for Wear Test 1 to Wear Test 6

Two parts, the bush and the ring, were positiomed specially designed testing rig,
Figure 5.2, and were submitted to a sliding motgad. The testing rig was designed in
such a way as to simulate sliding wear in the giepblade bearing during the change
of the pitch. This was accomplished by rotatinglthsh over a limited angle. The ring
and bush are compressed by a pendulum construatidisupported by two axial roller
bearings. Five separate rows are available for specimen pairs, allowing ten
specimen pairs to be examined simultaneously. Sapgiks are named according to
the row they are placed in, for example 1a meangpkapair A in row 1, 3b means
sample pair B in row 3, etc. A pneumatic cylindettman adjustable air pressure loads
the pendulum. The wear is measured continuoustiieatop of the pendulum, with a
displacement transmitter with an accuracy of 0.1.mhe pendulum ratio is 1 to 10,
which gives an accuracy of 0.01 mm for the measwedr depth over the two
surfaces. Experiments included different mater@hbinations under different loads.
The dimensions of the bush and ring used in theatesalso shown in Figure 2.

WEAR SENSOR

-.:--—t----'.:.:] | -

LOAD CYLINDER

z e ) . .
ACTUATOR i - !
MOVING ARM :

Figure 5.2: Test rig and the geometrical propenietest specimens: (a) bush (top) and (b) rirgtgion)
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Table 5.1 shows a list of material pairs used inaWeests 1 though 6 and all loads
tested during one experiment. Materials DU and Dé&el materials used in journal
bearings, and have a layered structure. The bas®&de of steel, with an additional
layer of PTFE (Teflon) applied. The PTFE layer haleow friction coefficient, which
was interesting in this application and was theeefimcluded in the wear analysis.
Materials used for the bush were a 42CrMo4 steglaaNnAl bronze. Materials used
for the ring were an alloy CuNiAl, DU and DP 4. Maal properties of 42CrMo4 steel,
CuNiAl, and MnAl bronze can be found in Appendix D.

Table 5.1: Variable parameters in sliding wearstest

Test Material Load [N/mm?] Distance [m]
Wear Test 1 DU-42CrMo4 steel 15.7, 31.9, 48, 64.1, 80.3 5009
Wear Test 2 DP4-42CrMo4 steel 15.7, 31.9, 48, 64.1, 80.3 8746
Wear Test 3 CuNiAI-MnAl bronze 15.7, 31.9, 48, 64.1, 80.3 9431
Wear Test 4 CuNiAl-42CrMo4 steel 15.7, 31.9, 48, 64.1, 80.3 9502
Wear Test 5 CuNiAl-42CrMo4 steel 15.7,31.9,48,64.1, 72 8839
Wear Test 6 CuNiAl-42CrMo4 steel 48 for all specimens 10800

The examined loads were typically 15.7, 31.9, 4816nd 80.3 N/mmz2. Each load
corresponds to one row in the test apparatus $s&naples 1a and 1b have lowest load
and samples 5a and 5b highest load. It should bedrtbat in normal conditions, the
maximum load in the blade bearing was around 25md/irilowever it was decided to
test materials for higher loads as well. In eacdl, rwvo test pairs are exposed to the
same amount of pressure. During Wear Test 5, it maspossible to achieve the
maximum air pressure and therefore, the maximurd lsasomewhat lower. In Wear
Test 6, all test pairs are exposed to the samsymes

The invariable experimental parameters Wear Téstauigh 6 included:
- Speed: angular speed was kept constant at 15 deg/s.
- Motion: motion oscillated back and forth, with am@itude of 60 degrees.

- Surface finishing properties: the average surfacghness was the same for all
test specimens.

- Oil properties: viscosity and type of oil highlyflueences the wear behaviour.
Oil used in the experiment was gear oil, ISO VG dgd there was no forced
lubrication.

- Temperature: experiments were performed at roorpéeature (25-30 deg C).

5.4.2 Testing procedure for Wear Test 7

The test set-up used in this experiment has betetrol over motion and load
distribution than the set-up used in Wear Testhraugh 6. However, the maximum
possible load was much lower. This test was perforim an outsourced facility by the
order of the author. The contact geometry of theapda in Figure 5.3 had to be
significantly reduced to create 50 N/mm?2 contaetdloThis load was selected in order
to be comparable with Wear Test 6. The tested maateombination is CuNiAl and
42CrMo4 steel in the same lubricant as in Wear Beéh Wear Test 7, wear was not
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measured continuously, but friction was measuredragie at the holder. At the end of
experiment, the depth of the wear scar was measyradprofilometer.

7

/ Driver
(=8 dp
'\__ T H ~ A'}—— A
Holder
[CregEn HOLDE
T steel
- 20
~~—TEST IPECIMEN +—
A
CuNiAl e % 42Crod Steel
‘-\.\ T ETEEL wa L] J_,ﬁ:]_‘ .
= Holder 18
r SPECIMEN .
HOLDER E:i/ __.-;1 Cuisl

Figure 5.3: Test bench for Wear Test 07 (left) tasd specimen (right)

5.4.3 Results of sliding wear experiments

Several material pairs were investigated for déferloads in Wear Test 1 to 6. Wear
was measured continuously during sliding as a wepth. The total sliding difference

was not the same in all experiments, as for DURR pairs it was somewhat shorter.
Figure 5.4 through 5.7 show the wear behaviouM¥@ar Tests 1 through 4. Curves
presented in these figures are average valueseofvtb specimens subjected to the
same load.

Wear Test 01: DU-42CrMo4
0,120
_ 0100 Zo= T [———-ea1 Nmm2
£ 0080 //, ; S 80.3 Nmnr'2
£ 0060 —H#——4=" —--—-15.7 N2
é 0,040 ;.// S 31.9 Nmnm2
Y — - —--48.0 Nmm2
0,000 : : : :
0 1000 2000 3000 4000 5000
Sliding distance [m]

Figure 5.4: Wear curves for the DU-42CrMo4 pair
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Wear Test 02: DP4-42CrMo4
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0,14 >
T 012 - —--—-80.3 Nmn2
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Figure 5.5: Wear curves for the DP4-42CrMo4 pair
Wear Test 03: CuNiAI-MnAl bronze
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Figure 5.6: Wear curves for the CuNiAl-MnAl bronzair
Wear Test 04: CuNiAI-42CrMo4
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One of the first observations made after the fiosir tests was the difference in the
total amount of wear between the two samples stdgjelo the same load. Figure 5.8
shows results from Wear Test 3. The differencehm measured amount of wear is
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evident. Materials without a coating exhibited aa#ler difference in the total wear
than materials with coatings.

Wear Test 03: CuNiAI-MnAl bronze
Samples row 3: Load 48 N/mm?
0,1

0,09
o
g o008
g 007 - - ——Friction A
2 006 H
s
=8 005 - Wear A
SO
g 004 4—— — Friction B
E 0,03 + -
£ 0,02 ; ——Wear B
g 0,01
£ 0 _Likkis

0 2000 4000 6000 8000 10000
Sliding distance [m]

Figure 5.8: results from Wear Test 3, two sampfabh® same material combination, subjected to the
same amount of load and sliding, show different am® of wear

In order to check the repeatability of results, Weast 4 was repeated in Wear Test 5.
Further information with respect to repeatabilignde found in Chapter 5.5.7. In Wear
test 5, the tested material pair is CuNiAl and 2264 steel. However, it turned out
that the CuNiAl specimen in Wear Test 5 had a lomgdness than in Test 4. This was
noticed after the test was done. Further infornmatith respect to the influence of
hardness can be found in Chapter 5.5.6. Figureto®@s results of Wear Test 5.

Wear Test 05: CuNiAl-42CrMo4
0.35
0.3
= o025 e e EaEE 15.7 N'mnv2
E 62 P 31.9Nm12
B / — = 48NMM2
$ 0.15 7
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< i i — — — - 72N/mnv2
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0 bl — = ;
0 2000 4000 6000 8000
sliding distance [m]

Figure 5.9: Wear curves for the CuNiAl-42CrMo4 pair

As an additional check, the weight of the test damyas measured before and after
Wear Test 5. Figure 5.10 shows the comparisoneofitbasured weight loss of CuNiAl
part and wear depth at the end of the experimesgple the fact that the results do not
correlate 100%, the similarity in trends is obviolise x axis on Figure 5.10 represents
the samples number.
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Wear Test 05
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Figure 5.10: The comparison of measured weightdosswear depth at the end of Wear Test 05. Test
sample 1a (15.7N/mm?2) is sample 1 on x axis, Haisple 2, 2a (31.9N/mm?2) is sample 3, and so on,
until 5b (72Nmm?2) is sample 10 in x axis

It is interesting to note the weight loss of theCAo4 steel part. The steel part has
much lower wear and Figure 5.11 shows the weigtd f the steel part. Samples 5a
and 5b (or numbers 9 and 10 in Figure 5.10) ar@seg to the highest load. These
samples have recorded an increase in weight arntief Wear Test 5. The increase in
weight is visible on the samples, as well. Therals® evidence of material transfer
from CuNiAl to the steel contact surface on sampl@sand 5b. This can be explained
by the (high) presence of adhesive wear at higdsloAs mentioned previously in the

chapter on adhesive wear, this type of wear haaryahigh wear rate, and this may be
the cause for the drastic increase in wear at lo@ths.

Wear Test 05
Weight loss 42CrMo4

0.02
—e— weight

oot} 2 3 4 5 6 7 8 9\10

-0.02

-0.03

weight loss [g]

sample

Figure 5.11: The change in weight of 42CrMo4 shesth after Wear Test 05

When examining Figure 5.6, 5.7, and 5.9 the cerjainps in wear can be noticed.
Explanations for these effects can be found in @hap5.4. It should be noted that by
the end of Wear Test 5, the rig began to show sifvgearing out. Some of bearings
showed signs of wear and some sensors failed. fonerat was decided to do one
more test and to do a similar test in a differegttugp. The last test on the rig was
conducted with all samples subjected to the sa@axt lo
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The results of Wear Test 6 are used to get thallisbn of wear for the same load (48
N/mm2) and after the same sliding distance (10800Dune to the fact that in Wear

Test 6 all samples are exposed to the same loadhsitdifficult to show wear curves

from Wear Test 6, as in Figure 5.4 through 5.7 esithey overlap. Instead, Figure 5.12
shows the comparison of the total measured weahdspthe end of the experiment
and the measured weight loss of the CuNiAl parte Bteel counterpart had a very
small change in weight (Figure 5.13) and a transféronze material was present.

wieght loss vs. wear 42CrMo4-CuNiAl load:48N/mm?2

0.3

0.25
AN /
0.2 g —e— wear [mm]
0.15 \\v)—./\ / —8— wieght loss[g]

0.1 - \i\‘/
0.05 ‘W

1 2 3 4 5 6 7 8 9 10

wear [mm]; weight loss[g]

sample

Figure 5.12: The comparison of measured weightdosswear depth at the end of Wear Test 06

Wear Test 06: weight change of 42CrMo4
p=48N/mm?2 S=10800 m
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Figure 5.13: The change in weight of 42CrMo4 sbeeh after Wear Test 06

Wear Test 7 is similar to Wear Test 05 and 06 siheesame material combination was
used (CuNiAl-42CrMo4). However it was done with iffedent apparatus, which is
shown in Figure 5.3. The load in the experiment ®&sN/mnf. The goal was to
compare results from two different apparatusesyelsas the wear scar morphology.
Figure 5.14 shows the results for friction in W@ast 07. Unfortunately, an overly
high sampling rate caused only initial data todmorded. During these 25.000 seconds,
the measured friction coefficient is in correlatisith other sliding wear tests.
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Figure 5.14: Measured friction coefficient in We¢ast 07

In Wear Test 7, the wear depth was measured aenldeof the experiment by an
outsourced institution. The profile of the wearrsoa the CuNiAl part was measured
with a profilometer (Taylor Hobson Stylus) at 4 piosis around the wear scar and
Table 5.2 summarizes the results. The total medswesar depth in Wear Test 7 is
similar to the wear depth measured in Wear Te$bréexample, with samples 2a, 4b
and 5a (see Figure 5.12).

Table 5.2: Measured wear depth of CuNiAl samplatend of Wear Test 07

Wear Test 07 CuNiAl
Depth Meas. 1 (um) 51
Depth Meas. 2 (um) 33
Depth Meas. 3 (um) 47
Depth Meas. 4 (um) 30
Depth Average (um) 40

As an additional control of wear measured usingsitelp in Figure 5.2, the depth of
the wear scar was measured using profilometry asdweae for the 3a CuNIAl sample
from Wear Test 05. Table 5.3 shows values measisieg the same profilometer as in
Table 5.2. This value can be compared with theevédu sample 5 in Figure 5.10.

Table 5.3: Measured wear depth of CuNiAl samplaatend of Wear Test 5

Wear Test 05 CuNiAl
Depth Meas. 1 (um) 130
Depth Meas. 2 (um) 115
Depth Meas. 3 (um) 45
Depth Meas. 4 (um) 70
Depth Average (um) 90
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5.5. Analysis of sliding wear experiments

The experiments are not discussed in chronologarder; rather the following
discussion is structured along the main observedds after all experiments were
completed.

5.5.1 Run-in and run-out behaviour

The run-in effect is visible in the tests for allatarial combinations. Following the
initial period of high wear rate, the wear rate réeses to a lower value and enters a
stable (wear) period. In the experiments done,tthissition occurred typically between
1000 and 2000 meters sliding distance. During theim period, the friction also is
higher. Figure 5.14 confirms the effect of run-im Wear Test 7, whereby the
coefficient of friction begins at a higher value @fl4 and decreases fairly quickly to
0.08. There is also an evident influence of loadwnin behaviour. The transition from
the run-in to stable wear is much more evidenthigher loads than for lower loads.
However, the influence of the load on the duratbthe run-in period is only visible in
Wear Test 1. Figure 5.4, it can be seen that fgindriloads, the run-in period is shorter.
For other tests, it appears that the load has figeimce on the length of the run-in
period. The run-in behaviour is of course known avab a.o. reported in [Barbey,
1982] for materials used in CPP. It was statedrinaghness had a limited influence on
the length of the run-in period and rougher sudawsere reported to enter stable wear
more quickly than smooth surfaces.

The run-out wear is recorded in one test. Figubeshows the wear behaviour of DP4
against the 42CrMo4 steel from Wear Test 2. Thg imn5b specimen subjected to the
highest load broke by the end of the experimene diirves for the two highest loads
(64.1 and 80.3 in Figure 5.5) show the end ofthéhaviour at longer sliding distance.
Typically for run-out behaviour (see Figure 2.1tBe wear rate was high probably due
to dominant effect of fatigue wear. There is alsdiféerence in the sliding distance
needed for run-out wear to occur, wherein run-agfifis earlier for higher loads.

5.5.2 Appearance of wear scar

Photos in this chapter are made by an externatutestunder the order of the author.
Firstly, the wear scars from Wear Test 7 were eranhi Figure 5.15 shows the steel
part in Wear Test 7 after 200.000 cycles. The damtinvear mechanism is scoring, as
seen in the formation of severe scratches in thextion of sliding that resulted from
abrasive wear. In enlarged photos, there is algo pilesence of pitting, and the
separation of particles in the form of flakes. iRgtcan result from fatigue wear. The
transfer of CuNiAl to the steel counter surfacevident. Figure 5.16 shows the wear
scar of the CuNiAl part in Wear Test 7. The same twear mechanisms are present,
with the dominant mechanism being scoring. Theeges of pitting is also visible.
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Figure 5.15: photos of wear scar on the 42CrModl start: 8x magnification top left, 50x magnificati
bottom left, and 200x magnification right; pictutaken by Falex

| ) . E i ;.'!,f I; i ; .-:. y i
Figure 5.16: photos of wear scar on the CuNiAl frantn Wear Test 7: 8x magnification top left, 45x
magnification bottom left, 50x top right, and 50f@agnification right; pictures taken by Falex

The morphology of a test sample from Wear Test S haen inspected with a
microscope as well. Figure 5.17 shows the wear aficdre CuNiAl 3a sample in Wear
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Test 5. Again there are two wear mechanisms, sg@mnd pitting. Figure 5.18 shows
the 3a steel counter sample for Wear Test 5 witthege of scoring and pitting.

Figure 5.17: photos of wear scar on the CuNiAl framn Wear Test 05: 8x zoom top left, 45x zoom
bottom left, and 500x zoom right; pictures takerHayex

Figure 5.18: photos of wear scar on the 42CrModl gtart from Wear Test 05: 8x magnification left
and 500x magnification right; pictures taken byexal

In examining the figures made for Wear Test 7, ghesence of scoring is dominant
over pitting. Looking at Figure 5.17 and Figure&.it is difficult to definitively say

which of the two mechanisms, scoring or pittingriere dominant in Wear Test 5.
Having said this, it can be stated accurately tihertte is a higher presence of pitting in
the samples from Wear Test 5 than in the samptes Wear Test 7, Figure 5.15 and
Figure 5.16. The reason for this could be in tHéedince in the size of the samples.
The samples in Wear Test 5 and 6 are much latgenrefore the total sliding distance is
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larger and the contacting surface is larger. Thgelacontact surface is more difficult to
lubricate and poor lubrication can increase thegmee of pitting.

A comparison of scars from Wear Test 7 with Weast3eé& and 6 shows important
similarities. The two main wear mechanisms, scodnd pitting, are present on both
samples.

5.5.3 Classification of materials

Four different material combinations were testecaWrates of each material pair, as
defined in Chapter 2.9, Equation (2.5), will be edtetined to illustrate the wear

behaviour of the tested materials. The comparidowear rates will be made for a

stable wear period (2000-5000 m) and for a 48N/rfoad. This load was selected

because the amount of wear was accurately measuthbl accuracy of the measured
wear was 0.01 mm. Values for wear rates (w) arertdkom Wear Tests 1 to 4 and
presented in Table 5.4.

Table 5.4: wear rates of tested material pairstable wear periods
w Wear

Test Material pair [mm3Nm]  class
Wear Test 2 DP4-42CrMo4 1.56E-7 3
Wear Test 1 DU-42CrMo4 1.25E-7 3
Wear Test 3 CuNiAI-MnAl bronze 5.21E-8 2
Wear Test 4 CuNiAl-42CrMo4 2.08E-8 2

The specific wear rate is classified into seveaaégories, as outlined in Table 5.5. The
least wearing class has a value zero, while a mhtserclassified as hard wearing (hard
to wear) when the wear rate has a class of 3 oleama

Table 5.5: Classification of wear rate as in [Bez304]

w Wear
[mm3/Nm] Class

1E-10to 1E-9 0
1E-9to 1E-8
1E-8to 1E-7
1E-7 to 1E-6
1E-6 to 1E-5
1E-5to0 1E-4
1E-4 to 1E-3
1E-3to 1E-2

~N o OB~ WN R

In addition to presenting the specific wear ratérduthe stable wear period, the results
for overall wear rate will be presented as wellefEhare several reasons for this.
Firstly, the designer may be interested in knowtimg total wear in order to schedule
maintenance period. However, the main reason tsotferall wear rate will be used in

later analysis. Table 5.6 shows the overall wetgsraf the tested materials for total
sliding distances between 0 and 5000 meters a@Na®¥n? [oad.
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Table 5.6: Overall wear rate

: . Wear

Test Material pair [mmva\//Nm] class
Wear Test 1 DU-42CrMo4 0.35E-6 3
Wear Test 2 DP4-42CrMo4 0.24E-6 3
Wear Test 3 CuNiAI-MnAl bronze 0.15E-6 3
Wear Test 4 CuNiAl-42CrMo4 0.05E-6 2

Coated materials exhibit the highest wear ratesrebleer, the coated material was
completely worn out at the end of the test. Testcbated samples were run only up to
a maximum of 8000 meters, and some of the sampérgeally broke.

The material pair of CuNiAl and 42CrMo4 steel extatl the best wear characteristics,
and is followed by the material pair of CuNiAl aMhAl bronze. It is suspected that
adhesive wear is the reason why the pair of twazeanaterials (CuNiAl and MnAl)
has a higher wear rate. However, for these two comilbns (CuNiAl-steel and
CuNiAI-MnAl), a strange temporary increase in weate was observed for higher
loads, which will be discussed in the followingttex

5.5.4 Sudden and temporary increase of wear rate and frigbn

When examining wear curves for the highest load&igure 5.6, 5.7, and 5.9 one

notices a sudden rise of wear curves for the higbasds. Figure 5.19 shows the results
of the test specimen subjected to the highest loafear Test 4. After 5500 meters

sliding distance, a sudden and temporary increasseiar rate accompanied with a
higher friction period was detected. In anothernepi®, Figure 5.20 shows measured
wear and friction for the sample exposed to thénémsg load in Wear Test 5. In both

Figure 5.19 and Figure 5.20, the high wear rateodas temporary. After a while, wear

and friction decrease to values typical for thedyewear period.

Wear Test 04; Sample 5b
cUNiA|-42CrMo4/;é3Uc;\ e —
0,25 Sudden jump
/ m in wear rate
0,2
: -
2 015 ! | —— —friction 5b
= \ \ ‘ o — Wear5b
g - 0’1 L Lt "_Jv Al . U 'r-vv‘vvm
S 0,05 — S—
g ‘l“vh ?A:'W:_’FY v
0

0 1000 2000 3000 4000 5000 6000 7000

Sliding Distance [m]

Figure 5.19: Sudden and temporary jump in wearaatefriction, recorded during Wear Test 04 on
sample 5b
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Wear Test 05; sample 5a
42CrMo4-CuNiAl; p=72N/mm?2

038 /\ Sudden jump
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Figure 5.20: Sudden and temporary jump in wearaatefriction, recorded during Wear Test 05 on
sample 5a

Wear Test 6 was done in order to investigate thgteary increase in friction and
wear rate and the repeatability of results. In Weest 6, all samples were exposed to
the same load of 48 N/nfmand the investigated material combination wasinaga
42CrMo4 against CuNiAl. Figure 5.21 shows the saddenp in wear rate observed on
sample 4a. It lasted for 50 meters or 1000 cyclesthe right side, Figure 5.21 shows
wear, friction and temperature magnified duringeaigul of high friction. It can be seen
that the friction reaches maximum at around 575t mesliding distance and then wear
starts to increase, friction increases before tharwate increases. The jump in wear
and friction is accompanied by a jump in tempegtas represented by the green line
in Figure 5.21. Additionally, almost as a warningns prior to the jump in wear and
friction at around 5600 meters sliding distancerehis a small temporary increase in
friction.

0.35 0.35
<) . =
S 0.3 1 S 03 M"v 1
Op.25 | v Sp e [ankewny ~—
gO-ZS Lo.25 ¥
o 0.2 % 0.2
" | =
:10.15 : 2 '::;0.15 h 2
€ 01 JUEL Y l*“ T =01 S et W —")
IS B protachi IS
=0.05 e 3 $0.05 - 3
0 . . T 0 . . T T
5000 5500 . . 8000 6500 7000 5500 5600 43,700 .. 580 5900 6000
sliding distance[m] sliding distance[m]

Figure 5.21: jump in wear rate on sample 4a duifegr test 06. Legend: 1-temperature (green), 2-
friction (red), 3-wear (blue).

The probable order of events is that first thergbsasive wear during the run in period.
Next, the run-in period is over and the contaceent stable wear period. As bodies
come into contact, some of the lubricant gets szpeteout of the contact, and this
enables metal to metal contact. This dry contaet fiavourable situation for adhesive
wear and there is jump in wear rate.

The increase in friction is either due to a lackuddrication or due to an increase of
normal stress. For CPP application another po#gibg that the worn out debris
remain entrapped in the contact area and reacttigtlenvironment (sea water) causing
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a volume increase of the debris in a fixed spatehé end, this can create seizure in
the bearing causing a high wear rate and highdnct

Although not all information are reported, when mxang the results, it can be seen
that in Wear Test 3, a sudden increase occurred, amdVear Test 4 it also happened
once and in Wear Test 5 it occurred on six samjie®/ear Test 6, where all samples
were exposed to the same load, four samples sdffeoen a sudden and temporary
increase in wear rate and friction. During thisipeiof increased friction and wear rate,
the friction coefficient is doubled and wear ratesignificantly higher than during the
stable wear period. There seems to be no rule wWiese jumps occur and they usually
last for 50 meters sliding distance for the loacestigated in Wear Test 6. Prior to the
jump of wear rate, there is an increase in friciorce. One trend is noticeable: these
jumps and the number of occurrence of jumps inereedith higher loads. For lower
loads, there are rare jumps in the friction coeffic and mild jumps in wear rates. With
increased loads, jumps in wear rate are more freagaled more drastic, and always
accompanied by a high friction coefficient.

5.5.5 Influence of load

In this section, a comparison of wear and load bl given for the results in Wear
Tests 1 to 5. Figure 5.22 through 5.25 show ther wepth as a function of load, based
on the same results as Figure 5.4 through 5.7. Baehs made after a certain sliding
distance for investigated materials.

Wear Test 01: DU-42CrMo4
wear vs. load

0.120

ST T~
0100 — ,
£ —~__ _7
£ 0.080 -
= 2000 m
£ 0.060
2 ———-5000m
T 0.040
3
$ 0.020
0.000 ‘ ‘ ‘
0 25 50 75 100

Load [NNmm?2]

Figure 5.22: Wear as a function of load after 2868 5000 meters sliding distance in Wear Test 1
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Wear Test 02: DP4-42CrMo4

wear vs. load
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Figure 5.23:

Wear as a function of load after 2Q@MO, 6000, and 8000 meters sliding distance iatWe

Test 2

Wear Test 03: CuNiAI-MnAl bronze
wear vs. load
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Figure 5.24:

Wear as a function of load after 26MMO, 6000, and 8000 meters sliding distance iatWe

Test 3

Wear Test 04: CuNiA-42CrMo4
wear vs. load
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Figure 5.25: Wear as a function of load after 2Q@®MO, 6000, and 8000 meters sliding distance ialWe
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Same as discussed in Chapter 5.5.1, Figure 5.23gaist 42CrMo4, shows the effect
of run-out wear on the wear behaviour of the testatierial pair. The higher load end
of the wear curves increases with an increaseidingl distance. However, before the
fatigue wear (or run-out) period, there is onlyiraited influence of load on the total
wear. Another coated sample, DU against 42CrMoBigure 5.22, also shows only a
limited influence of load on the total wear. In &ig 5.24, for the pair of CuNiAl
against MnAl bronze, the wear depth grows almostdily with the increased load.

In Figure 5.25, CuNiAl against 42CrMo4, the sitoatis somewhat more complicated.
The higher load end of wear curves for the two &stgsliding distances increases
steeply with an increased load. However, this isdu@ to wear out behaviour. It is due
to the temporary increase in wear rate, observed &igher sliding distance, as
discussed in Chapter 5.5.4. In Wear Test 5, alddi&luagainst 42CrMo4, wear as a
function of load shows similar trends as Wear Best

In both tests the sudden increase in wear rateshwbccurs at higher loads, gives an
almost exponential rise of the higher load end eamcurves.

In Figure 5.26, an exponential trendline has bekted to the results. The thick line in
Figure 5.26 represents the trendline of a wearectov 7000 meters. The exponential
line is added to illustrate the border of recomneshtbad in order to avoid sudden
jumps in wear rate rather than to give the readr® wear behaviour. In order to avoid
sudden jumps in wear rate, it is not advisableateeHoads higher than 40 N/mmz.

Wear Test 05 CuNiAl-42CrMo4

0.3

0.25 / —-—--1000m

0.2 4
// ------- 3000 m

0.15 // ,
01 _ k) — — —-5000m

0.05 AN 7000 m

wear depth [mm]

0 20 40 60 80

load [N'mm?Z]

Figure 5.26: Wear as a function of load after 1@@®0, 5000, and 7000 meters sliding distance iatWe
Test5

It should be remembered that this exponential ddgery of wear on load is caused by
the temporary increase in wear rate as discussedhapter 5.5.4. The temporary
increase in wear rate is more likely to occur fighler loads and longer distances.
Looking at Figure 5.25and Figure 5.26 another tluag be noticed; in experiments the
higher load did not always cause the higher welis & probably more of a spread in
measurement that the real tribological phenomeha. réasons for this could be the
accuracy of sensors (0.1 mm) and spread of restubiwn in Figure 5.8.

5.5.6 Influence of CuNiAl hardness

Despite the fact that it was not planned to ingedé the influence of CuNiAl hardness,
this was done coincidentally. Figure 5.27 shows ¢bmparison of measured wear
depth after 8000 meters in Wear Tests 4 and 5.gblaé of Wear Test 5 was to check
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results for the best material pair from previousseHowever, after Wear Test 5 was
done and the results compared with Wear Test dbstantial difference in results was
noticed. After checking the hardness of the CuNsaimples, it was realized that the
hardness was much lower for the samples in Wear5l'dsshould be noted that in first

set of experiments, Wear Tests 1 through 4, thepBagrate was approximately 10

meters per sample, and in Wear Tests 5 and @l@drto approximately 3.3 meters per
sample.

Comparison of Wear Test4 and 5
CuNiAl-42CrMo4 after 8000 m
0.3

0.25 //
s 0.2 /
S
= 0.15 WT5
©
2 01 / ———-WT4
’ / \\/ 7

0.05 — z

0 = \/ T — /\ T
0 20 40 60 80 100
load [N/mm?]

Figure 5.27: The comparison of results from Weast3 d and 5 after 8000 meters sliding distance. The
hardness of CuNiAl part was different; 127 HB in 8vdnd 143 HB in WT4.

In examining Figure 5.27, the results indicate &atneely substantial difference
between values in Wear Tests 5 and 4. The hardnesssented in the Brinell scale: in
Wear Test 5, the hardness was 127 HB, while in West 4 it was 143 HB. The
hardness of the 42CrMo4 steel part is 220 HB inedts. It should be noted that in
Wear Test 6, the hardness of the CuNiAl sampletivasame as in Wear Test 5.

The poor correlation can be attributed to the déffice in hardness. One thing remains
unclear, as in Figure 5.27 can be seen that therswofaterial has lower wear for low
load. Wear Test 4 shows higher values of weardar Ibads (15.7 and 31.9 N/mm?),
while Wear Test 5 shows higher values for high oédB, 64.1, and 72 N/mm?). It
should be noted that the sensibility of the wearsee is 0.01 mm (in the best case
scenario) and any wear measured lower than 0.01sngorestionable.

It appears that the lower hardness of CuNiAl calsgiser (more frequent) presence of
jumps in wear rate and friction. In Wear Tests 8 @nthe presence of jumps was much
more frequent than in Wear Test 4.

It is not clear how such a large difference in llaedness occurs. The difference might
have been caused by the different material compasand/or by manufacturing. It is
less likely that the difference is due to the matezomposition since melted material
has been taken from real propeller. The only diffiee in the preparation was that
instead of pouring melted material into a regulauid, the material was poured into a
different type of mould made for this occasion. sThiso caused a different cooling
time (for samples in Wear Test 5 and 6) from thosasured in standard practice. It
must be stressed out that the low hardness of CuiNiAVear Test 5 and 6 is not
acceptable for propeller design.
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5.5.7 Wear distribution

The results of Wear Test 6 can be used to get tae wrobability function. In Wear
Test 6, all samples were exposed to the same loafiveibull, 1939], the author
proposes the distribution as an appropriate amralytool for modelling the variation of
breaking strength of materials. The Weibull digitibn has the form:

B-1
f(x;B,)\):% %j e (5.1)

Wherep is the shape factor, andis the scale factor. Later, [Palmgren, 1945] agapli
the same distribution for modelling fatigue wead afterwards, it was used by many
authors [Zaretsky, 2000] for predicting the lifeimof bearings. The current usage of
the Weibull distribution includes reliability modielg as well. The Weibull distribution

is more flexible than the exponential. It makegaspnable assumption that the hazard
rate increases with time, which is not the casé @xponential distribution.

data -
— — lower confidance bound ~
| | — — upper confidence bound e -

Density

0 L ! ! ! ! ! L
0.04 0.05 0.06 0.07 0.08 0.09 0.1 on 0.12

wear [mm] wear depth [mm]
Figure 5.28: Left: Distribution of the total wear\Wear Test 6 : 0.09; 0.10; 0.06; 0.08; 0.097; 8,07
0.077; 0.048; 0.043, 0.107 mm; Right: cumulativelgability of wear depth 95% and confidence bounds

Based on the results of Wear Test 6, a distributibtne total amount of wear can be
made. Figure 5.28 shows the density of the endtseguear after 10800 meters sliding
distance) from Wear Test 6 and the Weibull fit. Hquation (5.1), x is wear depth in
mm and the estimated values of the Weibull distrdsuare:

B =4.43
A =0.085

The B coefficient of Weibull fit indicates somewhat largpread in the distribution.
Practically, it is a normal distribution. The prbiday and the implications of the
distribution on the total amount of wear will besdissed in Chapter 6. The Weibull
distribution in Figure 5.28 is very wide. In Figube28 right, confidence bounds are
shown for the 95% confidence level. In order tangaiore confidence in the results, it
is recommended that more measurements are takeartNeless, this wide distribution
points out the need to address wear is in ternpsaifability.

More general interpretation of Figure 5.28 can lmenif the wear depth is replaced
with a wear rate. The specific wear rate can beutatled for each value of measured
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wear depth in Wear Test 06 using the load andnglidistance in the experiment. The
specific wear rate (w), defined in Equation (2¢an be written as:

h
W=—— 5.2
p— (5.2)

Where h is the wear depth,is the normal load (48 N/mm?), and S is total istid
distance (10800 m) from Wear Test 6.

X 1Uﬁ specific wear rate with 95% confidence bounds
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Figure 5.29: Left: Distribution of the total weate in Wear Test 6 : 1.74; 1.93; 1.16; 1.54; 11841,
1.48; 0.93; 0.83, 2.06E-7 mm3/Nm; Right: cumulajiwebability of wear rate and confidence bounds

The specific wear rates, from Wear Test 06, areveha Figure 5.29 left together with
the Weibull fit. In Figure 5.29 right, the cumuladi density function is given together
with the 95% confidence bounds. While Figure 5.38reépresentative only for
conditions in Wear Test 6, the more general Figu?® can be used for other loads and
sliding distances. This is discussed later in Céraft

5.6. Fretting wear experiments

Fretting wear experiments are named Wear Testsi®and are done on two testing

apparatuses. The first apparatus, a more sopheticane, was used to determine the
wear behaviour as a function of contact displaceénieme second apparatus was used
to define the influence of oil on fretting wear.doth cases, the investigated material is
CuNiAl, a bronze type of material used for standaRP hubs.

5.6.1 Testing procedure for Wear Test 08

In Wear Test 8, a fretting apparatus shown in Edgbu80 was used to simulate the
linear fretting motion over a small stroke. Thispexment was performed in an
external institution by the order of the author. the goal of the experiment was to
determine the influence of the fretting amplitucefietting wear behaviour of CuNiAl,

the first level simulation was selected. A ball aflat surface was selected for Wear
Test 8 in order to gain more precise control oher fretting amplitude. The ball was
moving over flat surface with 3Hz frequency. Thetenial tested in this experiment is
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CuNiAl against a 100Cr6 steel ball without any iglation. As it was not possible to

test a 42CrMo6 steel ball, the 100Cr6 steel bath\wDmm radius was used. These two
materials have similar values for Young's modulnd &oisson’s ratio, which both are

important parameters in the calculation of Hertaamesses.

Figure 5.30: test apparatus and tested motioreifitst experiment

The main parameters of Wear Test 8 are given ineTald. The load that is used in the
experiment was much higher than in all other expents. However, this was
unavoidable because of the point contact (a ball 8at surface). Wear Test 8 consists
of five tests (runs) of different fretting amplitesl (strokes). In Table 5.7, the load was
presented as a maximal Hertzian pressure restditbngnormal force in the contact.

Table 5.7: Values of parameters used in Wear Test 8

Force Max. Radius of ~ Amplitude Number of  Total o]]

Wear Test 8 IN] Load contact [um] cycles distance
[N/mm?]  area [mm] [m]

8.1 1 242 0.044 100 50.000 10 No
8.2 1 242 0.044 250 20.000 10 No
8.3 1 242 0.044 500 10.000 10 No
8.4 1 242 0.044 750 6.700 10 No
8.5 1 242 0.044 1000 5.000 10 No

5.6.2 Testing procedure for Wear Test 9

After investigating the influence of displacement feetting wear, the influence of oil
and load was investigated on different apparatuguré 5.31 shows the testing
apparatus and contact situation in Wear Test 9.cbi¢act is achieved using the three
block-shaped samples and the cone-shaped county Wwih 25mm radius of
curvature. Therefore, the contact between the sssmghd the counter body is a line
contact. The cone is made from 42CrMo4 steel atates. The tested samples are in
the form of blocks and made from CuNiAl. The coedadaded with air pressure and
standing on three blocks. Experiments done withaod done with specimens fully
immersed in ISO VG46 oil.
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Figure 5.31: testing apparatus and contact geonreifyear Test 9

The main parameters of Wear Test 9 are given iheTaB. Wear Test 9 consists of
five tests (runs) of different fretting amplitudésads and the presence of lubrication.
In Table 5.8, the load was presented as a maxiredkidn pressure in the contact.

Table 5.8: Values of parameters used in Wear Test 9

Force Max Contact Amplitude cycles Total oll

Wear Test 9 IN] Load half width  [pum] distance
[N/mm?]  [mm] [m]

9.1 15.12 535 0.03 840 65.000 109.2 No
9.2 26.46 70.2 0.04 840 65.000 109.2 No
9.3 37.80 835 0.05 840 65.000 109.2 No
9.4 37.80 835 0.05 840 1.000.000 1680 Yes
9.5 37.80 835 0.05 385 1.000.000 770 Yes

The apparatus used in Wear Test 9 was simple téoruam large number of cycles and
to investigate the influence of oil. However, theetfing amplitude was not as
controllable as in the apparatus shown in Wear §est

5.6.3 Results of fretting wear experiments

In both experiments, Wear Tests 8 and 9, wear igsored at the conclusion of the
tests. However, in Wear Test 8, friction was meagdwontinuously, while in Wear Test
9 that was not possible. Figure 5.32 shows thdidriccoefficient as a function of

displacement measured in Wear Test 8 for five dhffe runs. Different colours

represent different cycles and the loops rotatekeltse. The fluctuations at the end of
a stroke are artificial and come from the equipmdrdr the smallest stroke,
fluctuations are also visible during the cycle. Tieason for this might be a low
actuating speed which reflected in stick-slip motio
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Figure 5.32: Fretting loops from Wear Test 8, pietutaken by Falex

In Wear Test 8, wear was measured as volume |ldbeagnd of the experiments using
a light profilometef. Figure 5.33 shows images of the measuremenissbf/olume.
The measured results of lost volume are summanz&dble 5.9.

2 A measuring instrument used to measure surfaceféepin order to quantify its roughness.
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Figure 5.33: Wear Test 8: fretting wear scars ilNi2Zlidone with 100Cr6 steel ball with typical
displacements of 100, 250, 500, 750, 1000um. Ridaken by Falex

Table 5.9: Results of Wear Test 8 Source: Extanstitute
Wear Test 8 Amplitude Lost3 volume

[um] [um3]

8.1 100 142937

8.2 250 238180

8.3 500 150059

8.4 750 487709

8.5 1000 954724

In Wear Test 9, it was only possible to measurewtbight loss of each sample at the
end of the experiment. Table 5.10 shows the medsuegght loss of each specimen in
the test and their average value.

Table 5.10: weight lost of CuNiAl in Wear Test 9.
Weight loss [mg]
Samplel Sample2 Sample3 average

9.1 4.6 4.3 11 3.3 No
9.2 5.5 5.5 2.3 4.4 No
9.3 4.4 7.8 5.8 6.0 No
9.4 1.2 1.2 1.0 11 Yes
9.5 0.2 0.2 0.2 0.2 Yes

Wear Test 9 Qil
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Figure 5.34 shows test specimens after the 9.2riemeet without oil (left) and 9.4
with the presence of oil (right).

Figure 5.34: tested sample without oil (left) wath (right)

5.7. Analysis of fretting wear experiments

In the discussion of Wear Tests 8 and 9, a spewifiar rate (w) will be used. The
specific wear rate was defined in Chapter 2 in EHqng2.5) and is calculated for the
total sliding distance (S) done in the experimentiormal force (F):

\%
W=—- 5.3
FLS 53)

5.7.1 Influence of fretting amplitude

After doing Wear Test 8, it was possible to evaduae influence of fretting amplitude
on the amount of fretting wear. Table 5.11 shovesdpecific wear rate in Wear Test 8
and Figure 5.35 gives the graphical interpretation.

Table 5.11: specific wear rate in Wear Test 8
Wear Test 8 Amplitude w

[pm] [mMm3/Nm]
8.1 100 1.43E-5
8.2 250 2.38E-5
8.3 500 1.50E-5
8.4 750 4.88E-5
8.5 1000 9.55E-5
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CuNiAl specific wear rate for fretting
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Figure 5.35: results for specific wear rate asrecfion of displacement in Wear Test 8

Results from Wear Test 8 indicate transition incepewear rate for sliding amplitudes
(roughly) above 500um.

5.7.2 Influence of lubrication

In Wear Test 9, the influence of lubrication wagdstigated. Table 5.12 shows specific
wear rate in Wear Test 9 as a function of lubraratiin examining the results, the
presence of oil reduces specific wear rate by 1®@d. Additionally, wear class as
defined in Table 5.5 has been presented. Accorttinidpe criteria defined in [Beek,
2004], this material selection does not fall irtte hard wearing class, even not for the
lubricated case.

Table 5.12: Specific wear rate in Wear Test 9

Wear Test 9 Oil [Vn\:ms/Nm] \gzg;
9.1 No 2.55E-4 6
9.2 No 1.80E-4 6
9.3 No 1.90e-4 6
9.4 Yes  2.26E-6 4
9.5 Yes  0.89E-6 3

5.8. Discussion

In accordance with the goal, the main findings @awexperiments are presented in
Chapter 5.5.4 and Chapter 5.5.7, whereby the seinua blade bearing and the wear
distribution has been analyzed. The wear distrdouéind how to use it to asses the total
wear in a blade bearing will be discussed in tHiefiong chapter. Here, the focus will
be on seizure in a blade bearing and the relatipriséiween the sliding and fretting
wear.

In Chapter 5.5.4, large and temporary increaseseiar rate and friction are detected

for sliding wear. The increase of friction and weauld lead to the seizure of the
bearing. Since the increase in wear rate occues aft increase of friction, the reason
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for seizure should be sought in a reason for tleeease of friction. Friction can
increase due to two reasons, increase of the dnictioefficient or increase of the
normal load. The friction coefficient can changesda a change in lubrication. The
overlap of the contact area and sliding (or frgitiamplitude in a blade bearing is
always maximal. Smaller overlap is beneficial fattbr lubrication since it allows
more fresh oil in the contact. With maximal overthp contact area stays isolated from
the environment (oil in previous experiments) anigd likely that oil gets squeezed out
of the contact area, particularly at higher congaessures. This would result in lack of
lubrication in the contact and increased frictiowl avear. The dependency on pressure
was actually found in the experiments as a highter of occurrence of the phenomenon
at higher loads.

In Chapter 5.5.2 higher presence of pitting wasephled in Wear Test 5 samples than
in Wear Test 7 samples. This was explained by tacgatact area. For a smaller
contact area it is easier for new oil to enterdbmtact.

In Chapter 2.8.4, it was explained how fretting mesn cause seizure of a bearing. Due
to the large overlap of the contact area and figiimplitude, worn out debris is unable
to escape from the contact, and they react witrethwronment and cause seizure of a
bearing (i.e. reduce the necessary clearancematily this would lead to an increase
of the normal stress. However, this mechanism tislikely to occur in the previous
experiments because it would show up as negatiae. Wais is possible to happen in a
real CPP where sea water could enter the bladengeand entrapped debris can
oxidise.

The overlap of the contact area and motion amgdituda blade bearing is always
maximal, i.e. both for sliding and fretting motidfrom that point of view, for seizure
of a blade bearing, there is no substantial diffeeebetween fretting and sliding wear.
However, due to its higher specific wear, the seizaf a CPP is more probable with
the presence of fretting wear.

In comparing the results in Table 5.6 and Tabl& 5itL.can be seen that the specific
wear rate for fretting wear is much higher thandiwling wear. The fretting wear will
not only affect the total amount of wear, but ititbalso add to the seizure. Fretting in
a blade bearing is dependent upon the shaft freguevhich is much higher than the
frequency of sliding motion. If fretting wear isgsent, the seizure of a blade bearing is
more probable and the seizure will occur more duitkan when only sliding wear is
present. It should be remembered that in the sameas the fretting wear affects a
blade bearing, fretting can also cause wear oféa¢ This can result in the seizure of a
CPP as explained below.

The results from Table 5.6 and Table 5.12 are ftarm different set-ups with two
different contact geometries. It is possible thetting wear in a blade bearing will have
somewhat lower specific wear rate due to non-Hamntziontact and lower stresses. In
order to definitively compare these two wear sitwa (sliding and fretting), it is
recommendable to carry out experiments similar liding experiments, but with
amplitude of fretting motion.

The question is how the seizure from experimen&tes to a real application.

Maybe most importantly, in order to cause the seizi the entire CPP mechanism, it
is necessary that the seizure in the blade beangrs on at least two blade bearings
simultaneously. This can be illustrated by doingnell analysis. For example, 20 bar
is a necessary hydraulic pressure per blade (lggatonactuate the pitch movement.
Therefore, the actuating pressure is 20 bar tilmesxtmber of blades, which for four
blades gives 80 bars actuating pressure. As aofuleumb, the maximum actuating
pressure is usually limited to 120 bars. Whenifsitis doubled in one blade bearing, it
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results in 100 bars necessary actuating pressufaction is doubled in two blade
bearings (i.e. seizure occurs simultaneously at bhamle bearings), the necessary
actuating pressure is 120 bars.

A further, perhaps more probable cause for a CHR¥ tonable to change the pitch can
be seen in Wear Tests 8 and 9. The influence afclation on wear and friction is
stunning. The wear rate increases 100 times where tls no lubrication and the
friction coefficient goes as high as 0.8. In thirioated contact, it is 0.08 to 0.1. If the
seals (Figure 2.5) of a blade bearing fail to pnéweater intrusion, the friction in the
blade bearing will rise drastically and the CPP Wwé unable to perform its function,
(i.e. change the pitch).

5.9. Conclusions

The main conclusions can be summarized as follows:

- Run in wear is present for material combinationsdus a blade bearing of a
CPP;

- In examining the appearance of wear scars for Cubil 42CrMo4, the main
wear mechanisms are abrasive and fatigue wear.sidravear appears in the
form of scoring, and fatigue in the form of pitting

- PTFE coatings are not recommended for blade besring

- The best material combination is CuNiAl-42CrMo4 aaNiAl-MnAl bronze.
These two combinations fulfil hard wearing criteria

- Sudden jumps in wear rate and friction probablyuoatue to the temporary
lack of lubrication. These jumps may result in s$eezure of a CPP;

- In order to avoid sudden jumps in wear rate, itas advisable to have loads in
blade bearing higher than 40 N/mm?2.

- Seizure of a CPP is more probable with higher l@adklow CuNiAl hardness.

- The measurement of 10 wear depths for the samerialateads and total
sliding distance, gives a (wide) distribution cfués;

- With an increase of fretting amplitude, the fregtwwear increases as well. The
fretting amplitude can change the fretting specifear rate four times;

- The most influential parameter on wear and frictadna blade bearing is its
lubrication;

- Fretting wear appears to be more dangerous thdinghvear.
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6. Field experience and total wear

The field experience related to usage of CPPs aarudeful in several ways in
determining the total wear of blade bearings. I filst place, to support the fretting
hypothesis made in previous chapters. In the septawk, to estimate the amount of
pitch usage in real sailing conditions. The goalhs first part of this chapter is to
investigate the presence of fretting in cases amtd the investigated case. For several
propellers, similar to the investigated propellseq Chapter 2.7), the prediction of
fretting was made by comparing their spindle torgne friction torque. Afterwards,
the service records were inspected for any tradestifng related problems. However,
service records are not sufficiently detailed aedorded problems do not always
reflect the prediction of fretting. The second pafrthis chapter details the amount of
pitch change used in service. The pitch positioroné voyage of a ferry between
Calais and Dover was monitored. In combining thelpusage with the specific wear
rate from Chapter 5, it was possible to estimagettital amount of wear during five
years, which is the period between two overhaulghé third part of this chapter, the
influence of control strategy is examined. It wasrfd that control strategies have a
significant influence on the amount of total slglimistance and therefore on the
amount of total wear. In the fourth part, frettvwgar is quantified for a period of five
years. It was found that the potential damage chbgdretting is twice the amount of
damage caused by standard pitch control.

6.1. Service records on fretting wear

In previous chapters, it was found that frettinggibe when the spindle torque
overcomes the friction torque. For the investigatempeller, it reportedly suffered from
fretting wear, as spindle torque exceeded frictiorgue. However, the question is
whether the investigated propeller is a unique adskeetting damage with a unique
ratio of spindle torque and friction torque. In erdo answer this question, several
propellers similar to the one investigated propelle selected and their service records
are inspected.

Investigated case
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.-I '4
' 100 {— o/
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-200 S~~—
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deg. of rotation

Figure 6.1: Calculated spindle and friction tordoethe investigated case
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The friction torque in blade bearing and blade digirtorque of the investigated case
for design conditions are shown in Figure 6.1. Blieps similar to the one investigated
were selected based on their diameter, load anedsfdey are all from single screw
vessels. These propellers are listed in Table idltlaey are called Cases A through H.
Table 6.1 shows their operating data, dimensiazsld and geometry data.

Using the same procedure as for the investigated, ¢hae friction torque and spindle
torque are calculated for Cases A through H. Fidghiee through Figure 6.8 show
spindle torque and friction torque in the bladerlmgpof Cases A through H for design
conditions during one revolution. As proposed inafgter 3, based on the ratio of
spindle torque () and friction torque (€, it is possible to determine the fretting
coefficient (k).

def

kfret = Msp/er (61)

The maximum and minimum fretting coefficient forchacase are calculated and listed
in Table 6.2. The hypothesis is that fretting isgant when the fretting coefficient is
higher than one. By examining the values of théifrg coefficients, a prediction of
fretting damage can be made. Cases in Table 61/2iaked by the danger of fretting, as
well as Figure 6.2 through Figure 6.8. The valueth# fretting coefficient is one
criterion to assess the danger of fretting. Thesagth the highest fretting coefficients
have the highest danger of fretting. In additionthe actual value of the fretting
coefficient, another important criterion is the rhan of times the spindle torque
overcomes the friction torque. Due to the backlashs reasoned that it is more
dangerous if spindle torque overcomes friction tergn positive and negative
directions, than if it overcomes only in one direct During one revolution, full
motion through the backlash is possible only whieae absolute value of fretting
coefficient goes above 1 in both directions (pusitand negative pitch). If it exceeds
only in one direction, the fretting motion causesdyca compression of the oil spring.
As shown in Chapter 4, the amplitude of frettingtiom is estimated to be 500um with
the effect of backlash while without backlash iesimated to be 100um.
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Figure 6.2: Calculated spindle and friction tordoeCase H
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Table 6.1: Investigated propeller and similar cases
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Figure 6.8: Calculated spindle and friction tordoeCase D

Results indicate Cases H and E are most similineganvestigated case. For Cases C
and A, the spindle torque exceeds friction torgoky @ a negative direction. The least
dangerous are B and D, where the spindle torque doeexceed the friction torque.
For Case G, the spindle torque overcomes frictioty dor a very short period.
Following the discussion in Chapter 3 and 4, thituamce of hydraulic pressure is
neglected.
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Table 6.2: Fretting coefficients for cases simitathe investigated case

Case Min Kiet Max Kiet
Investigated -2.98 1.44
H -2.35 1.14
E -1.42 1.38
C -3.44 0.78
A -1.49 0.93
G -1.22 0.75
B -0.77 0.59
D -0.75 0.06

The intention is to examine the service historysiofilar cases to determine if these
similar cases also show any record of frettingallge service records would state the
source of the failure, in this case fretting. Utdioiately, this is not the case as service
records contain an occasional brief statement@fptioblem, brief description of work
done and parts being replaced. Instead of seardbmfyetting, it is only possible to
examine fretting related problems and parts thea#fected by fretting. Fretting related
problems can become manifest in the form of wearebyparts and/or seizure of the
CPP. Parts that are affected by fretting are bkeings and/or seals at the blade foot.
The seal of a blade bearing can be affected (Wmafjetting in the same way as the
blade bearing. Moreover, because of the higheusadne fretting amplitude is higher
for the seal than for the blade bearing.

Table 6.3 shows extracts from a service historyCéfP’s that are similar to the
investigated case. Service records are shown fdr ship, so A (1) is Case A on the
first ship of that series, A (2) is Case A on teeand ship and so on. It should be noted
that this is only the available service historytleé manufacturer. It is possible that
there is more in the records of the operator. Thiogs are immediately noticed.
Firstly, there is no record of failure cause anidlifa symptom. Thus, in the records
there is no mention of the word “fretting” and “aaie” or "worn out CPP". Secondly,
for several cases there was a significant amounecbrded failures related to the
intermediate disk in the blade bearing. Moreovéeré was a record of placing
additional disks to stiffen the contact and imprdie sealing. There are two types of
work done on intermediate disks; one is placingnmunting (m), and the second is
replacing (r). Additionally, the table shows thegantage of sealing and blade bearing
problems in relation to all problems.

Table 6.3: Service history of seal and blade bgashoblems for similar cases

Case (ship) Date of service | Type of service
A1) 23.04.96 Seals
20.10.96 Blade foot demounted, brought back to Drunen machined
and back to ship
No date Disks (m) and seals
No date Disks (r) and seals
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A(2)

A(3)

A4

A (5)

10.10.96
03.11.98
30.08.03

20.12.96
22.12.98
12.01.01
14.06.03

12.01.98
15.01.00

12.02.98
10.11.00
30.06.05

Seals
Disks (m)
Seals

Seals

Disks (m)

Seals and disks (r)
Seals and disks (r)

Disks (m)

Seals

Disks (m)

Seals

Disks (r) and seals

More than 50% of all problems related to seals and bearing problems

B (1)

B(2)

B (3)
B (4)
B (5)
B (6)

B (7)

10.09.98
19.02.01

26.06.96
23.01.01

01.08.99
12.03.00

No date
04.11.97

23.06.97
25.09.99

Disks (m)
Seals (r)

Disks (m)
Seals

Disks (m)
Disks (m)
Disks (m)
Disks (m)

Seals (r)
Disks (m)

Around 25% of all problems related to seals and bearing problems

c®@

Cc@®

15.07.00
No date

No date

Seals (r)
Seals (r)

Seals (r)

Around 10% of all problems related to seals and bearing problems

D (1)

D (2)

D (3)

21.10.99
16.05.06

No seal and disk problems reported

Disks (m)
Seals (r)

No seal and disk problems reported

Around 5% of all problems related to seals and bearing problems

E@)

E (2

E()

E (4)
E (5)
E (6)

06.07.06

17.01.00

Seals (r)

No seal and disk problems reported
Seals (r)
No seal and disk problems reported

No problems reported

No problems reported

Around10% of all problems related to seals and bearing problems
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G No seal and disk problems reported

H (1) No seal and disk problems reported

H (2) No seal and disk problems reported

The available service history indicates sealing &edring problems with Case A
propellers. Experience from the hub of Case A, 4BA7 showed the need for
additional disks to stiffen the contact betweerdeldoot and blade bearing. In later
designs, this was solved with a somewhat thickaddlfoot. It should be mentioned
that replacing the seals and disks is a normalgigteventive maintenance. However,
in the reports it is not indicated whether replaeetrwas preventive or corrective. In
examining the service records, Case A had the sersbus problems. This could be
explained if positive spindle torque had overcorhe friction torque (Figure 6.5
suggests that just has not). Case A would therhbartost dangerous case, because
oscillations would have double rpm frequency. Asvah in Chapter 3, the relationship
between spindle torque and friction torque chang#is service conditions, and it is
entirely possible that for Case A, positive spintiejue overcame the friction torque
during service.

Table 6.4: Risk of fretting and skew of the proeell

Case skew Fretting risk

Investigated 49.2 Highest

E 46.3

H 46.3

C 45.1

A 40.5

G 37.1

B 315

D 23.1 Lowest

Nevertheless, in examining Figure 6.1 through FeghiB and Table 6.1 and Table 6.2,
one interesting observation can be made. Tablesttods cases from Table 6.1 listed
by the risk of fretting same as in Table 6.2. Ihd#& seen that the risk of fretting
follows the skew angle of the propeller. The hiddevg propellers are more likely to
suffer from fretting than low skew propellers, aheé severity of the cases follows the
skew of the propellers. Moreover, in a unique aafsa recorded fretting problem, the
investigated case has the biggest skew.

It is understandable that the danger of frettindpwes the skew of a propeller. The
influence of skew angle on spindle torque amplitu@es investigated in Chapter 4.7.4.
The hydrodynamic pressure distribution of high skewpellers is better and more
equal than the pressure distribution for low skewappllers. The effect of a propeller’s
load distribution on fretting can be illustrated aaseesaw with two people sitting on
each end. If the weight of each person is simitds easy to move the seesaw around
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its canter point. If the difference in weight igmificant, the load distribution is not
equal, and it is difficult to move it.

The predicted most dangerous cases, Cases E andbt ttave many records on wear
related failures. Furthermore, Cases G, B and D hés/e very little record of wear
related failures. This is in agreement with thenested fretting danger. However, in
the same archive, there is no clear record ofitfigetbr wear related failures for the
investigated CPPs. There is only a record of nchpigedback. It can be stated that the
current service records are not sufficient to itigase the wear related failures of a
CPP in detail. In any case, field experience isualle information, but the service
records are not adequate to fully validate the vetnke in this thesis.

In the conclusion of Chapter 6.1, it can be stétedl fretting probably occurs more than
initially expected, but that it does not necesganis to be catastrophic for the CPP.
The investigated case is not unique, as therether propellers where spindle torque
overcomes the friction torque. However, it is tlase with the highest ratio of spindle
torque and friction torque, for both positive arejative values.

6.2. Total Wear

In order to estimate the total wear of a CPP, itdsessary to know how much pitch is
being used in real service conditions. When thal tmhount of pitch change is known,
the total sliding distance in the blade bearind g known for a certain time period. In
Chapter 5, the total wear was presented as aldistn. The total wear depth of blade
bearings (h) can thus be calculated by combiniegdkeal sliding distance (S), specific
wear rate (w) and loa@) into the Archard equation:

h=wSo (6.2)

As stated in Chapter 5.1, the pitch change cardassitied into small amplitude fretting
motion, small amplitude sliding motion, and largepitude sliding motion. The first
type, small amplitude fretting motion, refers towilling vibrations caused by an
oscillating spindle torque. The second two typesalsamplitude and large amplitude
sliding motion, refer to motion caused by contratel hydraulic systems. The small
amplitude sliding motion would be the small pitathjustments, which are relatively
frequent (every 10 to 120 seconds) and have anitamhplof between 0.5 and 5
degrees. The exact figures depend upon many thsogs, as leakage, sealing, control
strategy, etc. The largest amplitude of sliding ioots from full-pitch ahead to full-
pitch astern, for example during the crash-aheadoewa/re. The large adjustments in
pitch may occur a few times a day.

In order to illustrate the wear limit of a CPP,eary from Dover to Calais will be used
as a reference for the total amount of pitch chahgang one day. Figure 6.9 shows the
recorded pitch position during one voyage. The dmgpate was 10Hz and the pitch
position is shown as a percentage of the desigh pit
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Figure 6.9: Pitch position during one voyage betw€alais and Dover

As in any measurement, certain noise will be preduay it. In this case, it is difficult
to distinguish between small amplitude sliding raotand noise. In order to exclude
noise from the measured signal, using stepwisetaongtting, all changes lower than
0.5% pitch change will be considered noise sineerésolution (the sensitivity of the
pitch control and actuating system to small infhargges) is between 0.5 and 1% pitch.
The largest effect of the correction occurs for pleeiod when there is no large pitch
change, between 2000 and 4000 seconds. FiguresédWs recorded and corrected
pitch signals during a small period of time, in geFiod of no large pitch change.
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Figure 6.10: Corrected signal of pitch position

This procedure is very relevant for estimating towl amount of sliding distance.
Figure 6.11 shows the total amount of sliding distafor the corrected and measured
signals. The difference is approximately 2.5 timkscan be seen that the highest

difference occurred between 2000 and 4000 secohtlsegourney, (i.e. during free
sailing ahead).
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Figure 6.11: Total sum of pitch usage during ongage; measured and corrected signal

During free sailing ahead, the motion made by hyiira is small amplitude sliding

motion and it is influenced by the control strateghese small amplitude sliding
motions apparently play a large role in determining total sliding distance. Further
information with respect to the influence of comsgstem on total sliding distance can
be found in 6.3. Summation of the changes in gas$ition shown in Figure 6.9, using
the corrected signal, yields a total pitch chang®.84 times of the design pitch angle
(¢,= 28 deq). The total sliding distance is obtaingdniultiplying the design pitch

angle with the blade bearing radius (r = 0.392 m):

corr

s = 95420 P (6.3)
360

The total sliding distance for the corrected sigftsh green line) in Figure 6.11 is
1.83 meter sliding distance per voyad#:{ ) from Calais to Dover. This ship makes

around 10 voyages per day.df) and operates approximately 340 days per yegay).(n
The normal overhaul period is five years)(rand the total amount of slidingcts for
five years is:

It is possible to determine the allowable wear fzeed on the maximum allowable
wear, normal load and total sliding distance. Thaximum normal loado(ay in the
blade bearing is 21 N/mm?2 and the maximum allowai@ar depth (¥) is 200um, as
defined in Chapter 2.10. This yields the allowadpecific wear rate:

3

h .
werg Mo 02 546, NN (6.5)
o[5S,  210B11L( Nm

max corr

As in Chapter 5.5.7, the specific wear rates frormawTest 06 are shown in Figure
6.12 (left) together with the Weibull fit. In Figen6.12 (right), the cumulative density
function is given together with 95% confidence bdsimnd, the maximum allowable
specific wear rate from Equation (6.5).
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All wear rates from Wear Test 6 are lower than ithe@ximum allowable wear rate.
Even the lower confidence bound almost reachestlieaspecific wear rate calculated
in Equation (6.5). It is possible to say with 95%nfidence that the possibility for a
wear rate to exceed the allowable wear rate istlems 5%. There is very little chance
that the propeller on this ferry will suffer fromaessive wear under design conditions.

Another way to asses the allowable wear rate frguakon (6.5) is to compare it with

the wear rate presented in Chapter 5.5.3, in Talsleln Wear Test 4 it was found that
the specific wear rate was 0.05E-6 mm3/Nm and taleiev from Equation (6.5) is

considerably higher. The analysis done above itescavear is not a problem for
design conditions which include only small amplgudnd big amplitude sliding

motion, even if the non corrected pitch signal wasd.

6.3. Influence of controls on total wear

The task of the propulsion plant control is a veoynplex one. There are three primary
considerations:
— Meeting operational demands, such as accelerategeleration, manoeuvring,
etc;
— Meeting safety demands, such as overspeed prategievent overload, etc;
and
— Suppression of disturbances, avoiding strong flatobas in speed and/or load.
There are also many other considerations to bentake account, such as economy
(maintenance and fuel), comfort, operational tasks, There are numerous theoretical
possibilities for defining control regimes. Howeyér present installations there are
only two options for the controlling variable thaames out of the controller, the rpm
demand and/or pitch (for systems with CPP).

A short description of a present control strategyships with CPPs is as follows. For
systems with a CPP, there is a general control camimknown as the combinatory
curve, used to set both pitch and engine speedcdimbinatory curve is used to define
controlling variables (pitch and rpm), for part doand full speed ahead, without
endangering the propulsion plant. Once the shipches demanded speed, all
disturbances can be suppressed by controllingrettteeengine or pitch. However, in
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order to reduce the wear of a CPP, the focus ihemngine and pitch is changed only
when necessary.

Usually, in order to power the shaft generators) ip set constant and all disturbances
are suppressed by controlling the engine load.

In order to reduce engine thermal load, a new obrdtrategy was proposed in
[Grimmelius, 2001]. Rather than using only one able (pitch or fuel rack), it is
possible to use multiple input and multiple outfMMO) controllers that control the
pitch and fuel rack simultaneously. In sea stateisiwas calculated by simulation that
the MIMO controller would cause a 5% amplitude dtlp change, with a frequency
not higher than 0.1 Hz. Figure 6.13 shows resuftshe simulation of a MIMO
controller made in [Grimmelius, 2001].

propeller pitch
_
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Figure 6.13: Simulation of active pitch controldfigGrimmelius, 2001].

In order to estimate the influence of the MIMO bébar controller on total wear, it
will be assumed that the ship is sailing in a sagedower than sea state six. Therefore,
pitch oscillations will be assumed to have 3% atadk with 0.1 Hz frequency. The
3% pitch oscillations will be superimposed (added)the mean pitch shown in Figure
6.9 during free sailing ahead, (time between 150@ 4200 seconds). During
acceleration and de-acceleration the measured wpiticte will be used since the pitch
change was obvious and higher than the noise I&iglire 6.14 shows an estimated
pitch position and total sliding distance using MBMO behaviour controller during
one voyage. A normal control strategy is assumedingumanoeuvring and
acceleration.
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Figure 6.14: Estimated pitch usage with MIMO colitro

The pitch usage increased more than four times thighMIMO behaviour controller.
Therefore, it can be said that the active pitchtr@dwill cause four times more wear

than the current control strategy. The total stidiistance per voyages{;y,, ) is 8.1
meters, which for five years gives a sliding dis&of:
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Svimo = Syiuo * Mvoy * Nday* Ny = 8.210:3405 = 137.7 km (6.6)

Ml

The allowable specific wear rate is:

3
MIMO h < 0.2 mm

a -

MIMO < < : <0.
0, .. Buyo  2103770( Nm

(6.7)

Using a MIMO controller, the allowable specific waate is extremely low for wear

distribution shown in Figure 6.12. Based on restriten Wear Test 6, as shown in

Figure 6.15, there is less than 0.5% probabiligt the wear rate of the blade bearing
will be lower than the allowable.
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Figure 6.15: cumulative probability of wear ratehwéonfidence bounds from Wear Test 6 and allowable
specific wear rate for MIMO control from Equatio. 7).

However in Wear Test 4 and in Table 5.6, the meakspecific wear rate is 0.05E-6
mm3/Nm. This specific wear rate is lower than thieveable wear rate calculated in
Equation (6.7). The difference in results betweesaWTest 5 and 6, and Wear Test 4
was explained by the different hardness of CuNiAdtenal in Chapter 5.5.6. With
currently available data, it is difficult to give final answer whether the MIMO
behaviour control strategy will cause excessiverweshe blade bearing. Therefore, it
is recommended to do more tests to determine thatim in results for the correct
CuNiAl hardness. It seams safe to state that CuliAlufficient hardness is necessary
to allow more frequent control.

6.4. Influence of fretting on total wear

The influence of fretting on total wear will be neatbr the case of a ferry travelling
between Calais and Dover. For this ferry, the desgn is 150 and it will be assumed
that the fretting amplitude ¢g) is 300um. This amplitude includes the effect of
backlash and it is selected just for illustrativergmse. One voyage time,{) is
approximately 100 minutes and the total amounteitihg motion for one journey is:

S = 2 dyer IPM tyoy = 20.3150100 =9 m (6.8)

fret

Or in five years:
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Stret= S;/r?t/' Moy * Nday* Ny = 153 km (6.9)

The amount of sliding distance caused by fretttgpproximately 6 times higher than
sliding caused by standard pitch usage. If frett;ngresent, the total sliding distance
per journey is:

St =S’ +S'Y =1.83+9=10.83 m (6.10)
corr fret
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Figure 6.16: Friction torque and spindle torquéeofy’s propeller

The total sliding distance is lower than for a MIMehaviour controller, but
considerably higher than for a case without frettiror a propeller installed on the
ferry, no fretting is expected. Nevertheless, ideorto estimate the presence of fretting,
Figure 6.16 shows friction torque and spindle terqf the propeller installed on the
ferry. The maximum fretting coefficient is 1.13,dait is higher than one only for a
short period, between 300 and 318 degrees of Hueld position. For this propeller no
fretting is expected and 300um fretting amplitudeselected only to illustrate the
danger of fretting.

The variation of wake field is the main source pfndle torque oscillations. The
investigated ferry is a two shaft vessel, and tlaéenfield variation is lower than for
single shaft vessels. For 1.13 fretting coefficiamd for such a short period, the
possibility of 300um fretting amplitude seems hyghhlikely and the chosen fretting
amplitude is only for purposes of illustrating finetting damage.

6.5. Discussion

The investigation done in Chapter 6.1 was incomatus he service records provide no
hard information and are not suitable to verify fhetting hypothesis. However, it
seems fretting may be present more often tharailyitbelieved. There is evidence of
seal problems and there is possibility that ielated to fretting.

A ferry has been used as an example to estimatthlewear. It was a conservative
choice since the pitch is used frequently and atynate of wear is towards the safe
side. In addition to the known parameters thatugrice wear, it was shown that the
control strategy has a very influential role on tbi&l amount of wear. Different control
strategies yield different amounts of total slidotigtance especially during free sailing
ahead. This was already indicated in Figure 6.1&revimeasured and corrected pitch
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signal differ by 2.5 times. The highest differeme@s during free sailing ahead,
between 1500 and 4200 seconds of the voyage. Ihntb@sured signal was entirely
correct, the total wear would be 2.5 times larger.

In addition, in Chapter 6.3 it was estimated the tisage of an advanced control
strategy with multiple input and output signals WD behaviour) would cause

approximately 4 times more wear than the presdntien, but this could be higher or

lower (see [Vrijdag, 2009]).

The estimate of total wear depth depends upon #heevof the specific wear rate.
There are two sources of specific wear rate (wkg fitst source is Wear Test 6 and
results presented in Chapter 5.5.7 where the wegathdvas presented as a distribution,
with a mean value of 0.085 mm for wear depth oflB-:B mm3/Nm for specific wear
rate. The distribution itself was an important fingithat showed the spread of possible
results. However, experiments done in Wear Tesefevior material softer than the
standard CuNiAl hardness. The other source is Wesr 4 and Table 5.6 from Chapter
5.5.3, which resulted from experiments done fondsad hardness. There, the wear rate
is estimated to be 0.05E-6 mm3/Nm. However, it wagse on a limited number of
samples and the spread of data has not been desetmi

Using wear distribution from Chapter 5.5.7, intoa@ter 6.2 it was shown that there is
huge probability that the blade bearing will méstdemands, even for materials softer
than allowed, providing that the standard contsaksed without fretting. However, the
distribution of wear rate from Chapter 5.5.7 doesailow the use of the advance pitch
control (MIMO behaviour) while results in Chapteb3, i.e. w = 0.05E-6 mm3/Nm,
would allow it. In order to get more certainty stiecommended to repeat Wear Test 6
but for correct CuNiAl hardness.

In order to illustrate different influences on ttetal amount of wear in the blade
bearing, the total amount of wear will be compai@dstandard control with sliding
wear, MIMO behaviour control and, standard contith sliding and fretting wear.
The total amount of wear will be calculated using specific wear rate from Wear Test
4, keeping in mind that the allowable wear depthO8um.

For the case of standard control where only smrmapléaude and big amplitude sliding
motion is present the total wear depth is estimated

h,=wo,,, [5,, = 054107 [(21[B1100=35um (6.11)

corr

For the case of a MIMO behaviour controller, thaltavear depth is estimated as:
Nuwo =W B, [Byuo = 0540107 [21[132700= 150um (6.12)

For the case of a propeller experiencing frettthg,total distance is the sum of sliding
distance from Equation (6.4) and fretting distafioen Equation (6.9):

S =S, +S

ot = Spor T Sy =153+31.1=184.1km (6.13)
This yields the total wear depth:

hyy =W b, (5% = 0540107 [21107600= 209pm (6.14)

fret
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The influence of fretting on total wear has beédmstrated and it is quite significant.
This is due to the rpm dependency of fretting. diltgh the displacement amplitude is
small, the fretting motion is frequent, and duringe years it provides a significant
distance. Table 6.5 gives the estimated wear dafgh 5 years caused by the different
control regimes and the presence of fretting.

Table 6.5: The total amount of wear depth as atfomof control strategy and presence of frettireaw
(w=0.54e-7,6=21N/mm3).

Total wear depth [um] | Control strategy Wear
35 Standard Sliding
150 MIMO Behaviour Sliding
209 Standard Sliding and fretting

Please note, in order to illustrate the influenté&eiting on the total amount of wear in
the blade bearing, the same specific wear rate ugad for both, fretting wear and
sliding wear. In Wear Test 8 and 9 it was found tha specific wear rate was higher
for fretting wear than for sliding wear, the valfiiem Wear Test 4. It is possible that
the influence of fretting wear could be even highdowever, experiments done in
Wear Test 8 and 9 had Hertzian contact geometrythedoads were also higher than
the load used in Equations (6.11), (6.12), and4{6.Therefore, it is recommended to
do further fretting tests with lower loads and riéertzian contact geometry.

A similar remark could be made for the total amoahtvear calculated for sliding

wear. In Equation (6.11) the value for specific wede was obtained from experiment
done for the load of 48N/mm2 while the maximum Idadthe blade bearing is 21
N/mm?2. Even if the specific wear rate would be lod@ 21 N/mm?2 then the estimate
of total wear depth in Equation (6.11) would be enoonservative and toward safer
side.

6.6. Conclusions

Following the discussion in Chapter 6 following ctusion can be made:

— Sliding wear in combination with the present cohsitoategy and under design
conditions will not cause wear higher than alloveaf00um) between two
overhauls (five years).

— Advance control strategies (MIMO behaviour) neegliree more experiments

— Fretting wear is a significant source of wear iadd bearing.
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7. In retrospect

The background and motivation for the work undegtaln this thesis are presented in
Chapter 1. They are followed by stating the goahefresearch and the main questions
related to the research. With respect to the gbad, thesis contributes to the better
understanding of wear as a failure mechanism oPR.QVlore specific main findings
and contributions are:

— Sliding wear is less dangerous for a CPP thanrigetvear

— Occurrence of fretting in a CPP is explained ardc#or to quantify the effect
was proposed

— The amplitude of fretting motion in a CPP was qiieeat and tested.

— An overall wear model was proposed to estimatatheunt of wear in a CPP

The thesis sets a blueprint for evaluation of we&PP in service conditions. This was
achieved by a wide multi-disciplinary research commy different technical sciences
and engineering disciplines, such as tribology, macs, hydrodynamics, system
integration, etc. The multi-disciplinary approadiowaed the creation of a relationship
between the skew of a propeller and fretting, aciatand wear, ventilation and fretting,
etc. Further, theoretical analysis was combined w#t of tribology experiments to
achieve the goal.

7.1. Discussion

In order to understand wear as a failure mecharitswgs necessary to define the wear
related failures in a CPP. In Chapter 2, two fatuof a CPP were described as wear
related, namely, the worn out and seized CPP. A BRWrn out when the amount of
wear exceeds the allowable amount of wear. Thevalite wear depth was defined as
200 pm, which is the sum of all tolerances in thechanical assembly of a CPP. If the
total amount of wear exceeds the allowable valoe,mhechanism of a CPP becomes
too loose and inaccurate. On the other hand, @&&PP, or a CPP that would suffer
from seizure, would not be able to move and to ghahe pitch. In Chapter 2, after
examining main wear mechanisms, it was realized tthe fretting wear mechanism
may cause entrapment of debris, which could leati¢cseizure of a CPP. In Chapter
2.7, due to its intriguing fretting failure, oneesiific propeller was selected to be the
investigated propeller. In conclusion of Chapteth2, investigation was focused on the
blade bearing of a CPP and on two wear situatithiessliding wear and fretting wear.
The multi-disciplinary approach presented in Chafdte includes aspects of wear
related to the load, type and amount of motion, aimblogy experiments. For the
investigated CPP, the load in the blade bearing areyzed in Chapter 3. After
examining loads in the blade bearing for designdaams, it was realized that the
blade spindle torque overcomes friction torque design conditions. The moment
when this happens #Qx) was defined as the start of fretting motion. ma@ter 3, it
was argued that in addition to the spindle torqod fiction torque, the hydraulic
pressure could also play a role in the total eluilm of forces. However, the most
conservative case was chosen by arbitrarily selgthie hydraulic pressure to be zero.
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The hydraulic pressure can introduce an uncertamthe analysis, but it should be
looked at as a reaction force rather than as aaraftirce. The influence of hydraulic
pressure was also examined in Chapter 4 in ordediace the uncertainty related to it.
Later in Chapter 3, the theoretical fretting caméfint (k.;) was introduced as the ratio
of spindle torque and friction torque. This coefiit was not suitable for the
investigation of self propulsion tests in heavysses thrust was only available for the
entire propeller instead of individual loads pelad®. Investigations showed the
importance of including the maximal values of blagendle torque in design criteria. If
only mean values of the spindle torque are consdjaro fretting motion is predicted.
In Chapter 3, it was shown that the fretting moiiothe blade bearing is a combination
of wakefield distribution and blade design. A wagkf with high variations in the
wake factor is more likely to cause fretting motias is the case for large single screw
vessels. In order to completely avoid fretting, #aeiations of spindle torque must be
lower than the Coulomb friction torque. The draft & ship was shown to be an
important aspect and low draft situations are \@aggerous for fretting in a CPP. In
Chapter 3, the main step towards understandingdberrence of fretting motion wear
was made.

At the beginning of Chapter 4, the main aspecfsictfion behaviour were investigated.
As an important statement, a sentence from [Pers@00] shows the complexity of
friction behaviour. Persson states that “an exagtinent of the interaction between
two solids needs to include microscopic effectsatomic level”. Since the interaction
of solids in contact can apply to both friction amdar, the same remark can be made
for wear behaviour. It is only natural that proesssvhich depend on so many
(microscopic) factors give a spread of results,netfough the main (macroscopic)
parameters are the same. The effect of this ibleignh Chapter 5.5.7 where 10 samples
exposed to same load and sliding distance givereifit results of total wear depth.

In Chapter 4, the main parameters that may infleetiee fretting motion were
investigated. The fretting motion in the blade begprof a CPP occurs when spindle
torque of the blade overcomes the friction torquéne bearing. Other parameters that
may significantly increase the fretting motion (rfhayeven become governing factors)
are draught, skew, mass (size), ship form, andlasickn the mechanism. For design
case, the amplitude of fretting motion in the blagaring for the investigated propeller
is approximately 100um. The influence of backlashhe amplitude of fretting motion
is significant. The amplitude increases not only ftbe clearance in the bearing
(backlash is 200um), but the body picks up additi@peed and gives a total fretting
amplitude of 500um. With respect to the uncertaoftynfluence of hydraulic holding
pressure on fretting motion, it was found that kyelraulic holding pressure cannot
oppose the fretting motion. In Chapter 1.7, onethef questions was whether the
hydraulic pressure could be used to detect fretfiingoretically, fretting motion in the
blade bearing should create the motion of yoke@edsure pulses. However, it is not
likely to be able to detect them in the OD box tlu¢he long oil pipes. One of effects
that can cause fretting is ventilation. Ventilationreases the spindle torque drastically,
and as such, can introduce fretting motion.

In Chapter 5, a number of experiments were dorabdtain specific wear rates resulting
from pitch sliding and fretting motion. An increasiewear and friction was observed in
sliding wear experiments for higher loads. The ease of friction may result in the
inability to change the pitch, which would manifasta seizure of a CPP. However, for
loads below 48N/mm?2, the material combinations used CPP are found to have a
satisfactory specific wear rate for sliding weaheTabove mentioned spread of results
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in Chapter 5.5.7 was an interesting observationwéder, in order to gain more
confidence in the distribution and spread of resuit is necessary to do more
experiments. The influence of uncertainty in digition was evident in evaluating
allowable specific wear rates in Chapter 6.2.

Fretting wear experiments showed that the amplitafidretting motion plays an
important role in specific wear rate, but the mdsminant is lubrication. Observed
specific wear rates were by factor 100 lower fdrricated conditions.

The specific wear rate observed in fretting wegregxnents is higher than the specific
wear rate from sliding wear. However, there isféedénce in the contact situation and
loads between the sliding and fretting sets of weqreriments. It is not possible to
estimate, with sufficient certainty, which one béttwo wearing mechanisms, fretting
or sliding, is more dangerous. In order to gairefnitive answer, it is recommendable
to undertake fretting tests with amplitude of fregt motion. It is unclear as why the
fretting wear would be more dangerous. The tangkatiess on the surface is highest
for the break away force, the moment of transitimm stop to gross sliding. One
possibility is that the fretting wear is more damges due to its frequent transitions
from stop to go. Due to its vibrating nature, thedi-away force is more frequent in
the fretting situation than in sliding situationorFfretting, this may lead to higher
tangential loads than for sliding. A further podgi is that with longer amplitude
sliding, more oil can enter the contact in compmarigith fretting motion.

Nevertheless, for a blade bearing, fretting moti®rvery dangerous due to its high
frequency. In Chapter 6.5, it was shown that tatabunt of wear with fretting is four
times higher than the amount of wear without frgttieven with the same specific wear
rate. The presence of fretting may explain why spmopellers suffer from quick and
extensive wear in the blade bearing. Analysis ua#ten in Chapter 6.5 was done for a
relatively mild version of fretting wear, as theespic wear rate was the same as for
sliding wear. The amplitude of fretting motion wa80um, although in Chapter 4 it
was estimated that it can increase to 500um. Als®,calculation was for a case of
good lubrication. In real CPP conditions, theraéser perfect lubrication and a small
intrusion of water is always expected. It is polesthat fretting wear can cause ultimate
failure of a CPP by exceeding the allowable wearhgpothesized in Chapter 1.7.
However, seizure of the blade bearing caused Ittyrigewas not observed in this work.
In order to provide a definitive answer, a frettexperiment with a larger non-Hertzian
contact is recommendable. The discussion in Ch&ppresented a possible technique
to estimate the total wear by knowing the specifg@r rate and the total usage of CPP.
To estimate wear in real service conditions, prsposed to use the total pitch sliding
filtered for noise. For a full overview of the weand condition of a CPP, it is
suggested to monitor oil quality and the presericeater in it.

The entire work of this thesis outlines a bluepfortestimation of total wear of a CPP.
This can be used to evaluate any future advandel pontrol strategies. The wear of
blade bearings and other components of a CPP deeprgsent an obstacle for further
development of CPPs. The problem might be in ottmenponents, such as counter
balance valves and long oil pipes, which decretsepitch actuating speed and CPP
mechanism. If a higher wear resistance is neetdedfegcommended that hard coatings,
and not Teflon, be applied.
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7.2. Recommendations

With respect to the work done, most important rec@mdations are:

— Fretting tests in combination with non-Hertzian @ and design load are
recommended

— Repeat Wear Test 6 but with correct hardness asfeénaibly do more tests to
get confidence in the results

— Maintaining good lubrication is crucial. It is reamendable to develop better
sealing and investigate the use of oils with higbérance on water presence

— Investigate hard-wearing coatings in blade beaampglications

— Reduce tolerances in blade bearing
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Appendix A: The Project “DYLOPROPS”

Dyloprops is an acronym for: Dgmic Lads on Controllable Pitch Prelfers in
Service and the project was focused, as its namsg, say dynamic loads on CPP in
service conditions. The project team consistedeniics technical staff of Maritime
Research Institute Netherlands, Delft Technicalversity, Royal Netherlands Naval
College and Wartsila Netherlands. During four ydhesproject covered the following
items:

- dynamical behaviour of the controllable pitch pridgresystems

- exploration of mechanical limits of a CPP

- improvement of simulation models of diesel engines

- exploration of thermal and mechanical limits ofsgieengines

- better control algorithms

- investigation of loadings and phenomena while dpegan heavy sea states

- new solutions for controllable pitch propeller ctvastion

The external loads on the propeller were studiedgusn existing ship model of a fast
container vessel. In this thesis measurement dotieeiproject “Dyloprops” were used
in Chapter 3 and Chapter 4.

Influence of ventilation on the blade spindle taqgs presented in Chapter 4 with
reference to experiments done in Dyloprops andlteesihown in [Beek, 2006].The

experimental results, unique in its sort indicathdt heavy ventilation completely

changes the size and character of the external éwad when the propeller is not
coming out of the water. A high importance was giwe the occurrence of the

amplification of the actuating forces in the dynanoverload of the propeller

installation. Given the nature and unexpected geoge the presence of ventilation
could explain the phenomena. However it was algwipated that this could not be

solved by theoretical calculations. Therefore atemsive experimental program was
carried out to verify the effects of ventilation @avitation, first in calm water and later
in waves.

The difference between cavitation and ventilatiprinat ventilation occurs due to air
ingress at the propeller whereas cavitation ocadmsn the local pressure is below the
vapour pressure. Experiments were carried out tilyuibe effects of ventilation in the

vacuum tank under atmospheric pressure (withouilggan) and with scaled pressure,
i.e. under cavitation and ventilating conditions.this way a unique set of data was
obtained which allows a first overview of the pherama. Figure A.1 shows some of
results made in those experiments.
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Figure A.1l: Results of calm water tests with effgfctavitation and ventilation on actuating forces.
Source: [Beek, 2006]

In the course of the project, seakeeping testpam®rmed with a segmented model to
explore the effects of the motions and flexurapogse on the propeller loading in
waves. The seakeeping tests were used in Chapteaalyze the fretting coefficient
in service conditions. The purpose of the test®igbtain a realistic and complete
impression of the propeller (spindle) load variatiothat are experienced at sea.
Additionally, measurements focus on the effectgasftilation and hull girder whipping
and some results can be found in [Dallinga, 2006].

The tests are performed with a model of a faditigeight container ship. The wooden
model was partially cut in a transverse way to stdjhe stiffness. The aim was to
model the natural frequency in the two-node bendihg flexural response of the
model will be representative (although not the saimethat of the ship. By measuring
both the flexural behaviour and the propeller resgoinformation is obtained on the
direct relation between those two. The tests amfopeed in the seakeeping and
manoeuvring basin of MARIN (Figure A.2) with a ssteering free-running model
(Figure A.3).
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Figure A.3: Container ship model with accelerasensors

The test comprises of variations in ship speedjihgasignificant wave height and
mean period which identified the most critical ss&and situations. These experiments
were completed by carrying out tests with a freenmg ship model in various wave
conditions. While varying the wave conditions ameéction the dynamic blade forces,
thrust and torque were measured as well as motidraeceleration of the ship. The
measurements contained:

— the rigid body motions;

— the bending moments and the whipping acceleratbrmth halves (4 vertical

accelerations);

— mid ship bending moment;

— model speed,

— (fixed) propeller rpm;

— propeller thrust and torque;

— propeller blade forces and spindle torque;
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— rudder angles

— loads on transverse thrusters in waves

Tests used in Chapter 3 and corresponding conditiom shown in Table A.1.

Table A.1: Seakeeping tests in irregular seas

Wave Conditions
Significant Peak
wave Period Heading | Speed | Spectrum
Test no. | Height [m] [s] [deg] [knots] type Rpm
1 2.90 7.6 180 24.4 111
2 4.85 9.8 180 22.2 106
3 7.45 12.2 180 19.8 106
4 4.85 9.8 180 17.1 83
5 7.45 12.2 180 15.8 86-91
6 4.85 9.8 180 7.6 42
7 7.45 12.2 180 6.9 Jonswap 46
8 7.45 12.2 180 12.4 67-71
9 7.45 12.2 0 20.6 89
10 7.45 12.2 315 19.7 92
11 7.45 12.2 330 20.2 88
12 7.45 12.2 90 20.0 89
13 7.45 12.2 135 16.4 86
14* 2.90 7.6 180 25.1 108-104
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Appendix B: Sensitivity analysis of LuGre friction model

Following text explores one dynamic friction modéhe LuGre model, and its
sensitivity on values of parameters used in the ehobhe LuGre friction model is
defined as:

F =0,Z+0,Z+0, X (B.1)
g(x)=F. + (F -F)e 0T (B.2)
r=x-So 5 (B.3)

g(x)

A short description of LuGre friction model will bgiven here and for more details
reader is referred to chapter 4.4.2 of this boakiiy pre-sliding, the actuating force is
cancelled by a spring-damper system J armo, [Z). For a very small (pre-sliding)

velocity, the first part in (B.1) corresponds tosteresis behaviour of the friction force
and for gross sliding; it corresponds to the Stiteehaviour. The second part of (B.1)
provides damping of vibrations during the pre-siglregime, and it vanishes for gross
sliding. To visualize it, the average bending gdeagties has a constant value (z=const.)
for gross sliding. The third part of (B.1) corresgs to viscous friction. In this work
viscous friction is assumed zero due to high laadilaw speed, i.aex,=0.

Figure B.1, on the left side, shows the model whigh be used in this sensitivity
analysis. It is a body with mass m, actuated bgddF), and with the resisting friction
force (R). On the right side, Figure B.1 shows a MatLab 8ink version of the
investigated model. The difference of actuatingéoffF) and friction force ¢ causes
body to accelerate which results in the velocitgt displacement of the body.

Laka

[
F

=3 Fricticn
Coulomk Friction

F
—>
Ffr

—
> O
Figure B.1: Left: physical model; Right: Simulinkoatel
The Coulomb friction force fs:
F.=pIN=plnlg (B.4)

The acceleration of body is:

mX =F-F, (B.5)
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It is assumed that body has a mass (m) of 2800nKgfréction coefficient (i) is 0.1,
these values have been chosen so that they matdbr@lo friction from experiment in
4.3. The friction in the system is calculated usihg LuGre friction model. Starting
values for coefficients used to describe LuGre rmbdee been chosen arbitrary and
they are given in the Table B.1. Following analyfsisuses on the influence of each
parameter on the resulting friction force.

Table B.1: Starting values of LuGre parameters

Parameter Value Unit
g, 3e8 [N/m]
o, 400 [Ns/m]
g, 0 [Ns/m]
F 110F, [N]

Ug 0.02 [m/s]

- Sensitivity of LuGre on solving method used in Mait

Firstly the model will be tested for the type oflvliag methods used in MatLab
Simulink. Figure B.2 shows the comparison of foatiforce made using ODE45 and
ODEZ23s solving method while all LuGre parametees as in Table B.1. Apparently,
oscillations of friction force with ODE45 are toagh and this solving method is not
suitable. It was observed that the solvers withfitted step size require the step size of
0.00001 while the simulation is too slow and theilaion of friction force is too high.
As seen, the selection of proper solving methaohportant.

4000 . . . . : . ! ! ! 4000 i
F —F

Fr [ 3500 i _—
— - —
P
3000} 3000+ _

o o™

2000+

3500+

2000+

force [N]
force [N]

1500+ + 1500+

1000+ B 1000+

500(- B 5001

0 . . . . . . . . . 0 . . . . . . . . .
0 1 2 3 4 5 6 7 8 9 10 0 1 2 3 4 5 6 7 8 9 10
time [s] time [s]

Figure B.2: ODE45 (left) and ODE23s (right)
- Sensitivity of LuGre on initial asperity displacentie

At the start of simulation, as it can be seen guFe B.2, there is a vibration of friction

force. It is reasoned this is due to the differelnegveen the actuating and friction force
at the start of simulation (t=0). After startingethimulation, the value for friction force

oscillates for about two seconds. In order to redinis effect there will be an initial

value for asperity displacement)zBy doing so, the friction force will be modelled

a pre-strained spring. The initial value of aspedéflection is chosen so that when
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multiplied with g, it gives the resulting friction force which is ejuo the actuating

force (F) at the start of the simulation. The congum of friction force as a function of
the two initial deflections, zero and 0.8e-5 metdss shown in Figure B.3. The
corresponding asperity deflection (z) during sirtiola is shown in the same figure
below. The initial asperity displacement helpeduag the discontinuity but it did not
abolish the oscillations of friction force.
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time [s] time [s]
Asperity displacement with z,=0 Asperity displacement with z,=0.8e-5
Figure B.3: Top: friction force and actuating foseigh and without g Bottom: total asperity

displacement with and withoug.z

- Sensitivity of LUuGre oro:

It is obvious that the oscillation in friction faxas caused by the oscillation in asperity
displacement. In order to reduce the oscillatiomggerity displacement it is necessary
to increase the brittle stiffness. Figure B.4 shaWws friction force and asperity

displacement with asperity stiffnesg =3e9. Note the initial displacementizad to be

reduced by factor 10 since the stiffness was ima@ay factor 10. The increase of

asperity stiffness helps to reduce the oscillat@iiction force but it does not abolish
them.
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Figure B.4: Behaviour of friction force and aspedtsplacement with increased asperity stiffness
- Sensitivity of LuGre oroy:

In order to reduce the duration of vibrations sataenping is necessary. This can be
achieved by increasing the damping coefficientFigure B.5 shows friction behaviour
of investigated model far;=4e4.
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32001 /
- Py E
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@ 3000 &
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2800
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0 1 2 3 4 5 6 7 8 9 10 0 1 2 3 4 5 6 7 8 9 10

time [s] time [s]

Figure B.5: Behaviour of friction force and aspgdtsplacement with increased damping coefficient

- Sensitivity of LUuGre ong:

In previous figures the transition from static §omdmic friction seemed too long, when
compared with result in 4.3. In order to shortemtifansition, the Stribeck factass)
will be decreased. Figure B.6 shows the frictiohaa@our for =0.002.

x 10
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Figure B.6: Behaviour of friction force and aspgdtsplacement with reduced damping coefficient
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Note there was some additional vibration of frintitorce. This can be avoided by
limiting the step size. The new maximal step siz@.001.

All above mentioned parameters will have an effest amount of the pre-sliding
displacement. For instance, an increaseyoéduces the pre-sliding displacement while
an increase ajbs increases it. The final values of LuGre paramatergiven in Chapter
4.4.2 and they are selected in order to simulabt@weur observed in Chapter 4.3. For
more advance techniques of choosing right LuGramaters, reader is directed to
[Hensen, 2002].

168



Appendix C: Results of the Dyloprops seakeeping tesused
in this work

Fourteen different seakeeping tests were used @p€h 3 to estimate fretting in
service conditions. These tests were done witlenCtiloporps project and more about
the testing procedure is in Appendix A. This apperdntains friction torque, spindle
torque and distribution of fretting coefficient faach Test Case as well as the
procedure used.

The calculation of friction torque and spindle toegis explained in Chapter 3. The
theoretical value of friction torque and blade sientorque is calculated for the
conditions described in the test. Based on theserdhical values, the fretting
coefficient is calculated as:

_ZIM,, 1)
fret '
TR,

The critical value of fretting coefficient is thealue at the moment when the blade
spindle torque overcomes the friction torque. Th@ment is considered as the start of
fretting. The blade spindle torque can overcomgiém toque twice during one blade
rotation, with its positive and negative valueisltargued that the full fretting occurs
only when spindle torque overcomes friction twiagidg one rotation. In some test
cases, theoretical calculation indicates the spindrque does not overcome the
friction. In order to calculate the critical fretf coefficient, the value of spindle torque
is increased until it reaches the friction torqlieen the new value of critical fretting
coefficient is calculated based on the ratio oféased spindle torque and thrust.

The fretting coefficient calculated from the ratibmeasured spindle torque per blade
and total thrust measured.fin equation (3.47) in Chapter 3) will be compaveth

the critical (theoretical) fretting limit £ criiicar IN €quation (3.48) in Chapter 3). The
value of fretting coefficient will be calculatedrfonaximum (positive and negative)
values of blade spindle torque per each bladeiootaAfterwards, a distribution of
maximal fretting coefficient will be made. It isagoned that fretting occurs if the
absolute value of maximal fretting coefficient i®gter than the corresponding critical
value.

For each Test Case, Figures C.1 through C.14 show:

— Calculated friction and spindle torque,

— Calculated fretting coefficient with the value oitical fretting coefficient

— Distribution of maximal and minimal fretting coefients for positive and
negative values of spindle torque observed in nteasents.
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Figure C.1: Test Case 1: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.2: Test Case 2: Top left: Calculated bkguladle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficightring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.3: Test Case 3: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.4: Test Case 4: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficightring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.5: Test Case 5: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.6: Test Case 6: Top left: Calculated bkguladle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficightring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.7: Test Case 7: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.8: Test Case 8: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.9: Test Case 9: Top left: Calculated blsmiadle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque

Test Case 10 Test case 10
6 0.2
4 e 0.15 | ffret_critical
L A N NN Y AP PRPEPRPIPIPIPEPEPEPIPRPRPIPRPDY SRR
T 2 ' 7 f \ 0.1
T

g 0 I / spindle 5 0.05 f\ ’m‘
> T T T e g o —_—
g2 \rm/\ 200 300 friction
8 T -0.05 4

4 0.1 7 Fret eritical "

ffret_critical
6 -0.15
deg. of rotation deg. of rotation

)1

or T T T T T — T T T T T r r r
| —— Test Case 10 data sl 1 Test Case 10 data ||
L ~ —— Test Case 10 fit || Test Case 10 fit
8 7 N

6f . i
No
reitting No L
sl ] Fretting | 51 Fretting
1

Fretting

0 . . . "
-0.25 -0.2 -0.15 -0. -0.05 0.05 0.1 0.15 0.2 0.25 0.3 0.35 0.4
max.frett.coeff. for negative MSp max.frett.coeff. for positive MSp

Figure C.10: Test Case 10: Top left: Calculated dlspindle torque and friction torque in the blade
bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for
measured positive spindle torque
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Figure C.11: Test Case 11: Top left: Calculated®lspindle torque and friction torque in the blade

bearing; Top right: Calculated fretting coefficiehtring one rotation; Bottom left: minimum fretting
coefficient for measured negative spindle torquattdn right: maximum fretting coefficient for

measured positive spindle torque
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Test Case 13

Test case 13
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Appendix D: Material properties
Properties of material used are listed in Tabletbr@ugh Table D.3.

Table D. 1: Material properties of MnAl bronze

Material MnAl bronze

Al Si Mn Fe Ni Cu Zn Sn Pb
Composition | " T 67 12 |3 15 |70 |15
[%]

max | 7.2 0.1 14 4 2.5 74 35 0.1 0.01

Density 7450 kg/m3
E modulus
Poisson’s ratio
Yield stress 275 N/mm?2
Tensile 640 N/mm?2
strength

Table D. 2: Material properties of CuNiAl
Material CuNiAl

Al Si Mn Fe Ni Cu Zn Sn Pb

T
Composition® " i Tg 08 |45 |42 |785
(%]
max | 9.5 0.1 1.3 51 4.8 805 |1 0.1 0.03

Density 7650 kg/m3
E modulus 121000 N/mm?2

Poisson’s ratio | 0.33

Yield stress 250 N/mm?2
Tensile 650 N/mm?2
strength

* Other elements in composition min: 0.005%, max:8.06
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Table D. 3: Material properties of 42CrMo4 steel

Material 42CrMo4
[Co/g]mposmon Specified by standard: EN 10083-1
Density 7830 kg/m?

E modulus 212 000 N/mmg2

Poisson’s ratio | 0.3

Yield stress 550 N/mm?2
Tensile 800 N/mm?2
strength
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Summary

This doctoral thesis focuses are on the frictioth wear and their mutual dependence in
a Controllable Pitch Propeller (CPP) system. Thal gb the research is to understand
wear as a failure mechanism of a CPP. The motndtothe work done is not only to
understand some of failures in the past, but tduata the limits of a CPP for more
demanding usage in a ship propulsion system. Thepbint for estimating wear in a
CPP, developed in this research, can be used iimadstthe total amount of wear
caused by the more demanding pitch usage. MoreonBcal parameters affecting the
wear and friction of a CPP have been made cleart@yether with recommendations
they can be used for future development of a CPP.

In the beginning the challenge was to define wiféclures of a CPP are related to wear
mechanisms. In Chapter 2 the main parts of a C@PRrasented together with the main
types of wear. Two types of failures have beentedldo wear mechanisms, namely
excessive wear and seizure. These two wear meaohsnsill make the pitch
mechanism, more specifically the blade bearingsdoar stuck. Since wear is governed
by loads, motions and type of materials in the acintChapters 3, 4, and 5 are focused
on loads, motions and wear experiments.

In Chapter 3 a calculation of loads is presentedhjarodynamic, centrifugal, friction,
and hydraulic forces. Based on an analysis of foerel their equilibrium, the start of
fretting motion was explained as the moment whenbillade spindle torque overcomes
the friction torque in a blade bearing. Furthetheoretical fretting coefficient has been
defined. The theoretical fretting coefficient wa®dified in order to investigate the
influence of service conditions on fretting motidrhe self propulsion measurements,
in different service conditions, were done as a phthe DYLOPROPS project, more
about that project and measurements can be fouAgpendix A.

In Chapter 4 the amplitude of fretting motion wasgeastigated using static and dynamic
friction models. Also, critical parameters have rb@evestigated and clearance in the
blade bearing was found to be an important faatathe amplitude of fretting motions.
In Chapter 5 two types of wear experiments are rtedpnamely sliding and fretting
wear experiments. The sliding experiments are dfmefour different material
combinations including two coatings. A temporargnjuin wear rate and friction was
recorded in sliding experiments for higher loadsirdy stable wear period. In fretting
wear experiments the importance of lubrication sla@wn. The specific wear rate was
found to be two orders higher for contact witholitlean for a contact with presence of
oil.

In Chapter 6 a synthesis of the work done was méade.conclusions and data from
previous chapters have been used to obtain avieta model of a blade bearing. Using
the model, wear in a blade bearing was quantifsedife current control setting without
effect of fretting, with effect of fretting and witan advanced control system requiring
higher pitch usage. The main conclusions and recamdations of the work done in
this thesis can be found in Chapter 7.
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Samenvatting

Dit proefschrift richt zich op de wrijving en shige en hun onderlinge afhankelijkheid
in een verstelbare schroef (Controllable Pitch Bilep CPP) systeem. Het doel van het
onderzoek is om slijtage te begrijpen als een rggemechanisme van een CPP. De
motivatie voor het verrichte werk is niet alleen amen aantal in het verleden
opgetreden faalgevallen te begrijpen, maar ook engrénzen van een CPP voor een
meer veeleisend gebruik van de voortstuwing vaeseh te evalueren. De blauwdruk
voor het schatten van slijtage in een CPP, ontiikke dit onderzoek, kan worden
gebruikt om een schatting te maken van de totgtage# veroorzaakt door een meer
veeleisend gebruik van de spoedverstelling. Bovandijn kritische parameters die de
slijtage en wrijving oorzaken bij een CPP duidelgjemaakt en samen met de
aanbevelingen kunnen zij worden gebruikt voor dekemnstige ontwikkeling van een
CPP.

In het begin was de uitdaging om falen van een teRIfiniéren dat gerelateerd is aan
slijtage. In hoofdstuk 2 zijn de belangrijkste orddden van een CPP gepresenteerd
samen met de belangrijkste mechanismen van slijfAgee soorten storingen zijn
gerelateerd aan slijtage, namelijk overmatigeaglgt en vastlopen. Deze twee slijtage
mechanismen maken dat het spoedverstellingsmeche@nisneer specifiek het
bladlager, los of vast komt te zitten. Aangeziefjtagle wordt beheerst door
belastingen, bewegingen en het type van materialemle contactzone, zijn de
hoofdstukken 3, 4 en 5 gericht op belastingen, lpevgen en slijtage experimenten.
In hoofdstuk 3 is een berekening van de belastingprasenteerd voor
hydrodynamische, centrifugale, wrijvings-, en hydische krachten. Gebaseerd op een
analyse van krachten en hun evenwicht, is het beggirde fretting beweging verklaard
als het moment waarop het spindle koppel het wgskoppel overwint in een
bladlager. Verder is er een theoretische frettinggfficiént gedefinieerd. De
theoretische fretting coéfficiéent werd aangepast ae invioed van de
dienstomstandigheden te onderzoeken. De voortsgswiatingen met modelschroef
werden in verschillende condities gedaan als om#nen het DYLOPROPS project,
meer over dat project en de metingen is te vindasijlage A.

In hoofdstuk 4 is de amplitude van de fretting bgwg onderzocht met behulp van
statische en dynamische wrijvingsmodellen. Ook wmerdkritische parameters
onderzocht en de speling in het bladlager werdeals belangrijke invioed op de
amplitude van de fretting beweging aangemerkt.

In hoofdstuk 5 worden twee type slijtage experirmangerapporteerd, namelijk een
glijdend experiment en een fretting slijtage expemt. Het glijdende experiment is
uitgevoerd voor vier verschillende combinaties vamraterialen, waaronder twee
coatings. Tijdens een stabiel dragende periode kioge belastingen in de glildende
experimenten werd een tijdelijke toename in slgsgelheid en wrijving gemeten. In
het fretting slijtage experiment werd het belang smering aangetoond. De specifieke
slijtagesnelheid voor contact zonder olie is tweegrootte hoger dan met olie.

In hoofdstuk 6 is een synthese van het verrichtek vgemaakt. De conclusies en
gegevens uit eerdere hoofdstukken zijn gebruiktatrhet totale slijtage model van een
bladlager te komen. Met behulp van het model wdijlage in een bladlager
gekwantificeerd voor de huidige besturingsinstghin, zonder effect van fretting, met
effect van fretting en met een geavanceerd beggsysteem waarbij meer
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spoedverstelling vereist is. De belangrijkste cosigls en aanbevelingen van het werk
dat in dit onderzoek is verricht zijn te vinderhimofdstuk 7.
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