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Abstract

In a hydrodynamic journal bearing, the lubricant is pressurized by the relative movement of the bearing
surfaces, creating a load-carrying capacity. The load-carrying capacity can be increased by using a
lubricant with higher viscosity, at the cost of increased friction. A proposed method to increase the
maximum load-carrying capacity, while not increasing the friction at lower loads (or at higher speeds),
is by using magnetorheological (MR) fluid as lubricant and electromagnets to generate a magnetic
field. MR fluid consists of a carrier fluid with micron-sized magnetic particles suspended. Under the
influence of an external magnetic field, the viscosity of the fluid increases as the particles form chain-like
structures. Using electromagnets, the magnetic field strength can be adjusted based on the operating
conditions of the bearing and the bearing can be semi-actively controlled.

The objective of this thesis is to create a visual demonstrator setup, intended for educational purposes,
that can be used to investigate the pressure distribution and generated forces in a hydrodynamic half
journal bearing using MR fluid and electromagnets. Furthermore, the research objective is to increase
the maximum load capacity for a specified minimum film thickness, while not increasing the friction in
the hydrodynamic lubrication regime. The test setup was based on an existing setup made by GUNT
which is able to show the pressure distribution in a half journal bearing using pressure tubes for various
eccentricity ratios. Adaptations to this setup were made to measure the generated forces (horizontal
force, vertical force and friction force, defined as the frictional moment divided by the radius of the
bearing) and to implement an electromagnet. First, experiments using hydraulic oil were performed to
test and improve the performance of the setup. Afterwards, experiments using MR fluid were performed
with varying magnetic field strengths. Furthermore, a numerical model based on the two-dimensional
Reynolds equation was created and validated with the experimental results.

Both the numerical and experimental results showed comparable trends of increasing pressure, hor-
izontal force and vertical force, meaning an increasing load capacity, for increasing eccentricity ratio
and applied current. The numerical friction force also increased with increasing eccentricity ratio and
applied current, while the experimental friction force only increased with increasing applied current and
did not show a clear trend with increasing eccentricity ratio. The magnitude of the forces differed signifi-
cantly between the experimental and numerical results, where the largest differences were observed for
the vertical force and the friction force. Many plausible causes for the differences are identified, such as
bearing tolerances, uncertainties in eccentricity and modeling simplifications. A combination of these
causes is believed to lead to the observed differences. The increase in pressure, horizontal force and
vertical force due to an increase in applied current was found to be much smaller experimentally than
numerically. This was thought to be caused by a larger temperature increase in the experimental tests
than was modeled and by simplifications used in the numerical model such as neglecting the shear-
thinning characteristics of MR fluids. The friction force differed even more significantly between the
numerical and experimental results. Additionally, this is caused by the small magnitude of the friction
force in combination with a test setup that is not accurate enough to measure small forces consistently.

The created setup can show the change in pressure distribution when the applied current or eccentricity
is changed. It therefore serves as a visual demonstrator setup for an MR lubricated hydrodynamic half
journal bearing which can be used for educational purposes. However, demonstrator performance was
found to be far from ideal as the changes in fluid column height were very slow because of the high
MR fluid viscosity. Performance can potentially be improved by using a different or diluted MR fluid.

Despite the large differences between the numerical and experimental results, both can be used to
display the potential of semi-active control using MR fluid and electromagnets. It is shown that the
maximum load capacity can be increased while not increasing the friction coefficient in the hydrody-
namic lubrication regime.

Several recommendations have been made for changes to the demonstrator setup to improve perfor-
mance while keeping the setup simple and elegant. The main recommendations include improving
the bearing tolerances, testing with a different or diluted MR fluid, implementing capacitive distance
sensors and performing experiments at a more consistent ambient temperature.
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Nomenclature

Vii

Abbreviations

Symbol Definition Unit

A Magnetic vector potential [Wb/m]

A Area of the coil [m?]

a Radius of particle [m]

B Magnetic flux density [T]

cf Transformation constant [1/Pa]

D Shaft diameter [m]

D, Diameter of pressure tube [m]

dwire coil Diameter of coil wire [mm]

E Modulus of elasticity [Pa]

e Eccentricity [m]

€coil Vector field that represents the coil [-]

ex Eccentricity in X-direction [m]

ey Eccentricity in Y-direction [m]

Fy Friction force [N]

Fy Force measured by horizontal load cell [N]

F Force measured by left vertical load cell [N]

Finag Magnitude of the force vector [N]

o Magnetorheological force component [N]

F. Force measured by right vertical load cell [N]

F, Viscous shear force component [N]

Fx Horizontal force in X-direction [N]

Fx pressure Horizontal force in X-direction due pressure [N]

Fx shear Horizontal force in X-direction due shear force [N]

Fy Vertical force in Y-direction [N]

Fy pressure Vertical force in Y-direction due pressure [N]

Fy shear Vertical force in Y-direction due shear force [N]

f Mass fraction [-]

g Gravitational constant [m/s?]

H Magnetic field strength [A/m]

Hy External magnetic field strength [A/m]

Hp Bearing height [m]

h Film thickness [m]

he Local mesh element size [m]

huid Fluid column height relative to tube inlet [m]

hfiuid external Fluid column height relative to measurement thresh- [m]
old

hmax Maximal film thickness [m]

I Moment of inertia [m*]

Icoil Current through the caoill [A]

J Current density [A/m?]

Je Externally generated current density [A/m?]

K compliant Stiffness of the compliant joint [N/m]

Keq Equivalent stiffness of the system [N/m]

Kieatsprings Stiffness of the leaf springs [N/m]
Boltzmann constant [-]

kap Artificial diffusion coefficient in x-direction [-]

kap.y Artificial diffusion coefficient in y-direction [-]



viii

Lambda

Symbol Definition Unit
Lp Bearing length [m]
Lg Shaft length [m]
l Lenght of flexure [m]
M Magnetization of the material [A/m]
My Frictional moment [Nm]
F pearing Frictional moment at the bearing [Nm]
F shaft Frictional moment at the shaft [Nm]
Mn Mason number [-]
M, Saturation magnetization [A/m]
m Magnetic moment [Am?]
N Surface speed [m/s]
Neoif Amount of coil windings [-]
P Load per unit length [N/m]
Pe Peclet number [-]
P, Magnetorheological pressure component [Pa]
P, Viscous pressure component [Pa]
P Pressure [Pa]
Rp Bearing radius [m]
Rg Shaft radius [m]
Rq RMS of surface roughness [m]
Ry Radius of pressure tubes [m]
T Temperature [K]
U Velocity in x-direction [m/s]
Uy Velocity in x-direction of the shaft [m/s]
U, Velocity in x-direction of the bearing [m/s]
v Velocity in y-direction [m/s]
%1 Velocity in y-direction of the shaft [m/s]
Va Velocity in y-direction of the bearing [m/s]
Wpg Bearing width [m]
Winternal,i Weight of lubricant in internal section of pressure [N]
tube i
Wiybe,i Weight of lubricant in straight section of pressure [N]
tube i
Wyoke Width of the yoke [m]
X Global horizontal coordinate [m]
x Circumferential coordinate [m]
Y Global vertical coordinate [m]
y Axial coordinate [m]
z Coordinate in direction of film thickness [m]
B8 Contrast factor/coupling parameter [-]
y Electromagnet angle [°]
A Shear rate [1/s]
A Film thickness parameter [-]
AR Nominal radial clearance [m]
Aty Tube inlet spacing large [m]
Aty Tube inlet spacing small [m]
€ Eccentricity ratio [-]
€x Eccentricity ratio in X-direction [-]
€X,a Actual eccentricity ratio in X-direction [-]
€X.p Prescribed eccentricity ratio in X-direction [-]
€y Eccentricity ratio in Y-direction [-]
n Dynamic viscosity [Pa-s]
Ny Fluid viscosity [Pa:s]



Symbol Definition Unit

1 Friction coefficient [-]

1o Relative permeability of vacuum [-]

UBL Friction coefficient in boundary lubrication [-]

oy Relative permeability of fluid [-]
WHL Friction coefficient in hydrodynamic lubrication [

Lp Relative permeability of particle [-]

Ly Relative permeability of material [-]

& Variable used in the modified Reynolds equation [Pa]

p Density [kg/m3]
o Electrical conductivity [S/m]
T Shear stress [N/m?]
) Circumferential angle in the bearing [rad]
Dioss Friction loss [Nm/s]
) Volume fraction [-]

w Rotational velocity [rpm]
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Introduction
1.1. Background

In all devices with relative motion between components, friction and wear play a role. Lubricants are
used to reduce friction and wear and ensure cooling. When the pressure in the lubricant film is large
enough to carry the load, the mechanical components are fully separated by a fluid film. Mechanical
contact is removed, which means that wear is avoided and friction is reduced.

One way of generating the required pressure in the fluid film is by means of hydrodynamic lubrication.
When the bearing surfaces have sufficient relative velocity and relative angle, pressure will be built up
generating a load capacity [1, 2]. Atlow speeds, the buildup pressure will not be large enough to sustain
the load, causing mechanical contact which results in wear and a large increase in friction. When the
speed is increased, the friction will decrease as a fluid film is built up (but surface imperfections will
still come into contact). For even higher speeds, the friction coefficient comes to a minimum where
full-film lubrication is present, after which it increases linearly with increasing speed. This is typically
displayed in a Stribeck curve, which is shown in Figure 1.1. The point of minimum friction coefficient,
where the bearing moves from mixed lubrication to full-film lubrication, is called the transition speed.
During steady operation, hydrodynamic bearings operate in full-film lubrication; however, in applications
where movement frequently stops or changes direction, contact of the bearing surfaces does occur. An
example of such an application is the hydrodynamic bearing that supports the shaft of a ship that is
maneuvering in a harbor. Full-film (or hydrodynamic) lubrication limits the friction coefficient to only
©=0.001 —0.01 [1].

Boundary lubrication

7N

—

Hydrodynamic lubrication

II\___,/I Miiec_!rlubricalion /’_‘\
' 0]
N

Friction coefficient

uN/P
Figure 1.1: Stribeck curve plotting friction coefficient versus Hersey number. Taken from [3].

One method to ensure full-film lubrication for low speeds without increasing the friction coefficient at
higher speeds is to actively change the properties of the lubricant using smart fluids. Magnetorheolog-
ical and electrorheological fluids (MR/ER fluids) are smart fluids whose rheological properties change
under the influence of an external magnetic and electric field respectively [4]. By applying and changing
the external field, the apparent viscosity of the lubricant can be changed, influencing the load capacity
(or transition speed, when the load is kept constant) and friction of the bearing. Increasing the viscos-
ity increases the load capacity and thus reduces the transition speed. In contrast, a higher viscosity
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increases friction in the full-film lubrication regime [1, 2]. Therefore, by using a smart lubricant and
lowering or removing the external field after the transition to full-film lubrication, it might be possible
to decrease the transition speed while maintaining (or even decreasing) the low friction in the full-film
lubrication regime. Ideally, the external field can be adjusted in such a way (e.g. by using electromag-
nets) that the bearing operates at minimum friction for the specified load and bearing velocity (which
is at the minimum film thickness in the hydrodynamic lubrication regime). Furthermore, the external
field can be applied locally, so that the viscosity is only increased in the region where it is beneficial for
pressure buildup [5, 6].

In a test setup where the eccentricity ratio is prescribed, it is not easy to experimentally measure the
boundary and mixed lubrication regimes. Therefore, one could also only look at hydrodynamic lubrica-
tion and set a minimum film height (for example, an approximation of the film height for which mixed
lubrication would start to occur). This minimum film height can then be used to investigate the maxi-
mum load capacity for a specific operating speed. This means that only the hydrodynamic regime of
the Stribeck curve is investigated.

1.2. Problem definition and research objective

Existing literature on MR fluid application in hydrodynamic bearings has focused solely on a constant
magnetic field strength (not changing with operating conditions) and reported an increase in both friction
and load capacity when using MR fluids. Therefore, this thesis focuses on showing the potential to
increase the load capacity for a specified minimum film thickness while minimizing friction for larger
film thicknesses by changing the magnitude of the magnetic field. The research objective is formulated
as follows.

Increase the maximum load capacity of a hydrodynamic half journal bearing for a specified min-
imum film thickness, while not increasing the friction in the hydrodynamic lubrication regime
using MR fluid and electromagnets.

Furthermore, based on the gap in existing literature and to reach the research objective, several sub-
objectives are defined:

1. Numerically investigate the friction and load capacity of a hydrodynamic half journal bearing lu-
bricated with MR fluid for different magnetic field strengths and shapes and eccentricities.

2. Create a simple and visual experimental demonstrator setup to measure the friction, load vector
and pressure distribution in a hydrodynamic half journal bearing lubricated with MR fluid where
the applied magnetic field, eccentricity and operating velocity can be changed. The demonstrator
setup should visually show the change in pressure distribution under influence of a changing
magnetic field.

3. Use the experimental setup to measure the friction and load capacity and determine the maximum
load capacity (at specified minimum film thickness) for different magnetic field strengths.

4. Measure the 'optimal’ Stribeck curve by changing the magnetic field strength as a function of
eccentricity.

5. Compare the theoretical and experimental results and thereby validate the numerical model.

Sub-objective 2 is especially interesting, as existing test setups for hydrodynamic bearings are generally
complex to accurately measure the small friction forces. Furthermore, test setups in literature do not
visually show the magnetorheological effect. The main goal of this thesis is to create an elegant test
setup that can visually show the effect that a magnetic field has on the pressure distribution in the
bearing while still being able to measure the generated forces accurately enough to prove that the
research objective can be achieved. Such a setup can furthermore be used for educational purposes
as the visual results allow for a quick understanding of the magnetorheological effect and the effect of
the eccentricity ratio in a hydrodynamic bearing, while the measured forces can be used for a more
thorough analysis and understanding of the investigated principles. Sub-objective 4 is related to the
semi-active control of the hydrodynamic journal bearing. The current through the electromagnet is
changed based on the (required) load capacity such that the friction coefficient is minimized. It is
referred to as "semi-active” control as no significant amount of energy is injected into the system to
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control the load capacity [7]. Only a magnetic field is introduced to change the viscosity of the MR fluid
that indirectly controls the load capacity and the friction coefficient of the bearing.

1.3. Thesis layout

The thesis is structured as follows: First, the experimental setup is introduced in chapter 2. The ex-
perimental setup is based on an existing demonstrator setup made by GUNT. To enable testing with
MR fluid and to measure the generated forces, many changes to the original setup have been made
that are extensively covered. Chapter 3 covers the theoretical model used to model the magnetic field
and fluid flow. The experimental and numerical results are presented in chapter 4, where the results
are also interpreted and a comparison between the experimental and numerical model is made. Fur-
thermore, possible causes for the differences between the model and the experiments are discussed.
Finally, chapter 5 contains the main conclusions and recommendations for further research.






Experimental setup

To perform experimental tests and validate the numerical model, a test setup has been created. This
chapter will first introduce the original demonstrator setup in section 2.1. The final setup which was
created by making several changes to the original setup is covered in section 2.2. In section 2.3 some
important parameter definitions are given, which will also be used in the numerical model introduced
in chapter 3. The changes made to the original setup will be discussed in section 2.4. The methods
used to determine the pressure distribution and generated forces based on the height of the fluid col-
umn and load cell measurements are described in section 2.5. The properties of the two lubricants
used, including variations in fluid properties as a function of temperature, shear rate and magnetic field
strength, are discussed in section 2.6. The experimental procedures will be covered in section 2.7 and
finally the limitations of the created setup are discussed in section 2.8.

2.1. Original setup

The experimental setup is based on the Gunt TM260 setup. The TM260 is a drive unit for tribological
investigations and can be connected to several different setups to perform tribological experiments. A
picture of the TM260 is shown in Figure 2.1. It consists of a display and control unit (1) that acts as the
power supply for the AC motor (2), allows for control of rotational speed using a potentiometer (3) and
displays measured speed and friction force (4) (friction force measurement not used in the current test
setup as it was not compatible with the hydrodynamic bearing attachment). Next to the display and
control unit, it consists of a frame (5) on which the AC motor is mounted, that is connected to a gearbox
(6) which is mounted on a swivel mechanism (7) to allow for horizontal and vertical positioning of the
drive shaft. Some important parameters of the TM260 are given in Table 2.1. The frame also serves
as mounting point for the attachment units; in this case this is the TM260.06, which is an experimen-
tal demonstrator module of a half journal bearing with pressure tubes to visually show the pressure
distribution. The half journal bearing attachment will be described in more detail in the next subsection.

Figure 2.1: GUNT TM260, drive and display unit. 1 - Display and control unit, 2 - AC motor, 3 - Potentiometer for
speed control, 4 - Display for speed and force, 5 - Frame, 6 - Gearbox, 7- Swivel mechanism. Taken and adapted
from [8].
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Parameter Value
Motor Type AC Motor
Nominal speed 3600 [rpm]
Torque 0.31 [Nm]
Power 117 [W]
Gearbox Type Worm drive
Transmission ratio 15 []
Speed Sensor  Type Incremental rotary transducer
Number of pulses 6 [per rev.]
Output signal 0-5V
Control unit Power 0.25 [kW]
Speed range 0-200 [rpm]

Table 2.1: Parameters of the TM260. Taken from [8].

2.1.1. Original demonstrator

The experimental test setup is directly based on the demonstrator module TM260.06 (the half journal
bearing attachment) made by GUNT. Many adaptions have been made to this setup to allow for the
implementation of the required load cells, MR fluid and an electromagnet. The unchanged original
setup will first be introduced to familiarize the reader before going into detail of the changes made to
create the experimental setup as used for the experiments in this thesis. A schematic drawing of the
setup is given in Figure 2.2a, together with a schematic front view to show the mounting and possible
movement of the bearing in Figure 2.2b. The setup is mounted on the frame (1) of TM260. A block
(2) is placed under the oil pan (3) to ensure that the shaft is submerged in the oil. The bearing (4) is
mounted on four leaf springs (5, see also Figure 2.2b) and the horizontal position can be changed by
rotating the micrometer screw (6), which changes the bearing clearance or minimal film thickness (7).
The shaft (8) is attached to the drive shaft using a jaw clutch (9). The shaft is supported by two ball
bearings that are mounted in a block (10). The whole setup is mounted on a module board (11) which
can slide on the frame and is secured using star knobs (12). 13 pressure tubes (13) are mounted on the
bearing and have their inlets positioned along the perimeter of the bearing. The first inlet from the left
is at 10° with respect to the horizontal. The next four inlets are graduated at 20° and the last eight are
at 10° from each other. The distance from the bottom of the bearing to the top of the tubes is 360mm.

Tribology trainer basic
module TM 260

HC =
I {
(a) 1 - Frame, 2- Block, 3 - Oil pan, 4 - Bearing, 5 - Leaf springs,
6 - Micrometer screw, 7 - Bearing clearance (minimal film (b) Front view of the setup. Arrows
thickness), 8 - Shaft, 9 - Jaw clutch, 10 - Block with two ball indicate rotation of the micrometer
bearings to support the shaft, 11 - Module board, 12 - Star screw introduces horizontal
knob, 13 - Pressure tubes. movement of the bearing.

Figure 2.2: Schematic drawings of the GUNT TM260.06. Taken and adapted from [9].
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During operation, the shaft will spin clockwise, dragging the lubricant along into the bearing toward the
minimal film thickness. The fluid will flow into the pressure tubes visualizing the pressure distribution
and some fluid will also flow back into the oil pan while new oil is dragged along into the bearing.

2.2. Final setup

As the original setup was not meant for testing with MR fluid and only included a way to visualize
and measure the pressure distribution (and not measure any generated forces), several changes were
made to the setup. The final test setup is introduced in this section, while a detailed explanation of
the required modifications, including reasoning, is given in section 2.4. The final setup is shown in
Figure 2.3 and Figure 2.4. The main differences, which can be seen in Figure 2.4, are the implemen-
tation of three load cells (one to measure the horizontal force (4) and two to measure the vertical force
(6)), a compliant joint (3) between the micrometer screw and the bearing and the implementation of an
electromagnetic consisting of a yoke (13) and a coil (14). The most important parameters of the setup
are given in Table 2.2. For the definition of some of the parameters the reader is referred to section 2.3.

Figure 2.3: Overview of the experimental setup. 1 - Power supply for electromagnet, 2 - Display and control unit,
3 - Data acquisition system, 4 - Demonstrator test setup.
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Figure 2.4: Detailed picture of the front of the experimental test setup. 1 - Micrometer stand, 2 - Micrometer
screw, 3 - Compliant joint, 4 - Horizontal load cell, 5 - Spring clamp, 6 - Vertical load cells, 7 - Block, 8 - Spring
holders, 9 - Oil pan, 10 - Leaf springs, 11 - Shaft, 12 - Bearing, 13 - Electromagnet yoke, 14 - Coil, 15 - Pressure
tubes (displayed here during operation with MR fluid), 16 - Tube supports, 17 - AC motor, 18 - Wires connecting
coil to power supply.

Parameter Symbol Value
Bearing radius Rp 26.25 [mm]
Shaft radius Rgs 25 [mm]
Radial clearance AR 1.25 [mm]
Rotational speed w 50 [rpm]
Eccentricity in X-direction ex 0.63 -0.94 [-]
Eccentricity in Y-direction ey -0.06 [-]
Diameter of pressure tubes D, 5 [mm]

Shaft length Lg 50 [mm]
Bearing length Lg 39.6 [mm]
Bearing width Wp 140.2 [mm]
Bearing height Hp 40.2 [mm]
Tube inlet spacing large Aty %WRB [mm]
Tube inlet spacing small Atq %WRB [mm]
Amount of coil windings Neoil 360 [-]
Electromagnet angle ~y 30°

Current through coil Tcoir 0-1.2 [A]
Amount of pressure tubes Niubes 10 [-]

Table 2.2: Overview of parameters of the setup and operating conditions.
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2.3. Setup definitions

In order to explain the changes made to the original demonstrator setup, the reader is first introduced
to some definitions. These definitions will later also be used in the theoretical model as described in
chapter 3.

A two-dimensional schematic sketch of the setup is given in Figure 2.5 and Figure 2.6. The setup
consists of a half journal bearing with a rotating shaft having a defined eccentricity ex and ey. Xand Y
define the global coordinate system. O, and O; are the center of the bearing and shaft respectively. ®
defines the angle (from 0 to 7) around the perimeter of the bearing, starting from zero on the left side
of the bearing, while x = ®Rp (with Rp being the radius of the bearing) defines the position around
the perimeter of the bearing. The axial direction is defined with variable y, while the direction of the film
thickness (h) is defined with variable z (z = 0 corresponds to the shaft surface and z = h corresponds
to the bearing surface). w denotes the rotational velocity and the rotational direction of the shaft. The
position of the electromagnet is shown to indicate how the magnet angle ~ is defined. Furthermore,
the final setup only has 10 pressure tubes that are numbered 1-10 starting from the pressure tube on
the left side. The length of the bearing in axial direction is defined by Lg. Finally, the diameter of the
pressure tubes is given by D, while the spacing of the pressure tubes is given as At¢; and Ats.

Electromagnet

@ / Bearing
n’ll/f
x=0 RB I|III o 'u l .OS! .
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Figure 2.5: Schematic sketch of the two-dimensional setup (front view).
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Figure 2.6: Schematic of the flattened two-dimensional bearing setup.
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The location of the shaft with respect to the bearing is defined using the eccentricity ratio in the X- and
Y-directions. The eccentricity ratio is defined as ¢ = 5, where AR = Rp — Rg is the difference
between the bearing radius and the shaft radius and e is the eccentricity. An eccentricity ratio of zero
means that the shaft is centered in the bearing and € = 1 means that the shaft is touching the bearing.
In the experimental setup ey (eccentricity ratio in Y-direction) will be set as close as possible to zero
(which resulted in ey» = —0.06), while ex (eccentricity ratio in X-direction) will be varied in the range of
0.63-0.94.

2.4. Changes to the original demonstrator setup

The modifications made to the original demonstrator setup to create the final setup that is used for the
experiments in this thesis (as introduced in section 2.2) will be elaborated on in this section.

2.4.1. Design of the electromagnet

In order to apply and change the magnetic field in the fluid film, an electromagnet was designed and
implemented. The goal of the electromagnet design was to have a fairly uniform magnetic field in the
fluid gap. The electromagnet was based on the design of Moles [10], where the yoke is U-shaped
and the coil is wound around the middle of the yoke. The reasons for the selection of this design
are the symmetric magnetic field in axial direction, ease of implementation into the existing setup and
the relatively strong and uniform magnetic field across the fluid film. Furthermore, this electromagnet
design results in a magnetic field that is comparable to what is used in most literature (either created with
permanent magnets or electromagnets). In contrast to Moles [10], it was decided to apply only a local
magnetic field just before the minimum film thickness, as it was found by Quinci et al. [5] and Van der
Meer et al. [6] that a local magnetic field could increase the load capacity while minimizing the increase
in friction coefficient. Similar results were found by Moles [10] when he applied the magnetic field to only
the converging section of the bearing and still managed to increase the load capacity. The dimensions
of the yoke were driven primarily by the design of the bearing as described in subsection 2.4.2, since
the electromagnet had to fit around the bearing while leaving enough space for the pressure tubes. The
width of the electromagnet was limited by the width of the bearing while the distance between the two
‘legs’ of the yoke had to be sufficiently large for the coil. For the coil, the trade-off is between a large
amount of windings with a thin wire or a thicker wire with less windings. The advantage of a relatively
thin wire is the ease of winding the coil and due to the larger amount of windings, the required current is
smaller. The advantage of a larger diameter wire is that a smaller voltage is needed due to the smaller
resistance and due to the lower amount of windings it is quicker to produce (when winding is done by
hand). A 0.5mm diameter copper wire was selected as this was a good compromise between amount
of windings, ease of winding and required current and voltage. The details of the electromagnet are
summarized in Table 2.3 and a technical drawing of the electromagnet can be found in Figure H.1. The
shape and placement of the electromagnet in the setup are shown in Figure 2.4 and Figure 2.8.

To make sure the magnetic field is fairly uniform in the fluid gap and to create a strong magnetic field,
a ferromagnetic shaft is required. Urreta et al. [11] showed both numerically and experimentally that
a magnetic shaft was required to have a significant increase in load capacity when a magnetic field is
applied and Moles [10] also demonstrated a magnetic shaft is required to achieve the required mag-
netic field strength. As the original shaft was made of nonmagnetic stainless steel, a new shaft was
manufactured from ferromagnetic bright steel. No other changes to the shaft design were made.

The electromagnet was connected to a Delta Elektronika power supply ES 030 - 5, which could deliver
up to 10A and 30V, and where maximum current and voltage can be set. For the experiments, the
amperage was controlled and varied between 0 and 1.2 A.

Parameter Symbol value

Amount of coil windings N 360 [-]

Wire diameter dwire,coi 0.5 [mm]

Material - (Ferromagnetic) bright steel

Table 2.3: Most important parameters of the electromagnet.
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2.4.2. Design of the bearing

To allow an electromagnet to be fitted to the setup, a new bearing had to be designed. The outer
dimensions of the bearing were kept equal to the bearing in the original configuration. The first step
was to determine the angle at which the electromagnet would be mounted (), with the goal being a
large increase in load capacity (as a result of the generated magnetic field) and ease of implementation.
The magnet angle ~ is defined as previously shown in Figure 2.5. Using the numerical model which will
be elaborated on in chapter 3, Figure 2.7 is created which plots the Stribeck curves for constant speed
and a constant magnetic field strength where the angle of the electromagnet with respect to the vertical
~ is varied. To vary the load capacity for a specific angle of the electromagnet (and thus create the
Stribeck curves), the horizontal eccentricity ratio e¢x is varied between 0.6 and 0.92. Furthermore, the
Stribeck curve where no magnetic field was present is also plotted, which can be used as a baseline.

o2 Stribeck curve for different angles of the magnet w.r.t. vertical
. I T T T T

—Angle = 0 [deg]
o1 L|——Angle = 15 [deg]
Angle = 30 [deg]
——Angle = 45 [deg]
017 ——Angle = 60 [deg]
Angle = 75 [deg]
0.00 H——Angle = 90 [deg]
- - -'No magnet

0.07 —

Friction coefficient  [-]
T

0.06 —

0.05 —

0.1 0.15 0.2 0.25 0.3 0.35 0.4
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Figure 2.7: Stribeck curve for different magnet angles and constant speed.

For a low eccentricity ratio, the load capacity is small and the friction coefficient is relatively large, which
is the case on the right side of the individual curves (as on the x-axis the inverse of the load capacity
is plotted). For an increasing eccentricity ratio, the load capacity increases and the friction coefficient
decreases, which can be seen as the curves decrease when moving towards the left. The maximum
load capacity for the maximum eccentricity ratio of 0.92 (corresponding to a minimum specified film
thickness) is the most left point of each individual curve. Compared to the baseline curve where no
magnet is present, it can be seen that the Stribeck curves for all values of v are moved to the left,
indicating an increase in maximum load capacity. However, they also moved upward, indicating an
increase in friction coefficient. The optimal angle is where the maximum load capacity is increased
most, while the friction coefficient increase is kept as low as possible (meaning a Stribeck curve that
is located most toward the left while being as low as possible). From this logic, the magnet angle
that performs best is 60°, followed by 45° and 30°, where 45° performs better in terms of maximum
load capacity, but 30° has a lower friction coefficient for decreasing load capacity. Ideally, the chosen
magnet angle would thus be 60°; however, due to the relatively large angle, this would be difficult to
integrate mechanically into the setup. The reason for this becomes clear when you look at the entire
bearing assembly as shown in Figure 2.8.
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Figure 2.8: The bearing assembly. 1 - Bearing, 2 - Shaft, 3 - Electromagnet yoke, 4 - Coil, 5 - Pressure tubes.

If the angle was set to 60°, the electromagnet would have to be very long to protrude above or to the
side of the bearing, which is needed due to the U-shape of the electromagnet. Increasing the length
of the electromagnet decreases the efficiency of the yoke significantly. Similar reasoning is true for
the 45° angle, so a compromise was made to select a magnet angle of 30°. |deally, several magnet
angles would have been implemented in the bearing design; however, due to space requirements for
the pressure tubes and time limitations on making and testing several bearings, this was omitted for
this thesis. Furthermore, this analysis was performed without taking the effect of eccentricity on the
magnetic field strength into account and was only performed for a single current setpoint (through the
electromagnet coil) and is therefore not a complete analysis to determine the optimal electromagnet
angle. Optimizing the magnetic field shape and strength for specific operating conditions by determining
the optimal electromagnetic angle, electromagnet shape and perhaps even amount of electromagnets
is therefore kept as a recommendation for further research.

The next design choice was on the implementation of the pressure tubes. As the MR fluid has a
relatively high viscosity it does not flow well through the small pressure tubes. In the original setup
the internal tubes (the curved tubes going through the bearing) have a diameter of 3mm. To increase
the flow rate into the tubes, the diameter of the internal tubes was increased to 5mm, equal to the
internal diameter of the straight tubes on top of the bearing (the straight tubes that were mounted into
the bearing). Due to the implementation of the electromagnet, less space was available for pressure
tubes. Therefore, the number of pressure tubes was reduced to 10 (as also shown in Figure 2.6). The
first inlet from the left is at 10° with respect to the horizontal. The next four tube inlets are graduated
at 20° and the last five are at 15° from each other. The length of the straight tubes was determined
on the basis of the expected pressure as calculated with the numerical model. The tube lengths are
summarized in Table 2.4. The acrylic tubes have an internal diameter of 5mm and an outer diameter of
7mm. Using Teflon tape, they are slid into the bearing to make a leak-tight connection. Some simple
3D-printed supports were slid around the tubes to connect them to each other and provide stability.

Tube number Length [cm]
6
6
6
15
15
20
40
55
70

0 90

2 ©OWoo~NOCOLOPWN -

Table 2.4: Length of the pressure tubes. Numbering of pressure tubes as shown in Figure 2.6.
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Due to the complex internal pressure tubes, angled cutout for the electromagnet and speed of pro-
duction, it was decided to manufacture the bearing using stereolithography 3D printing. The bearing
was printed with a Formlabs Form 3 printer with an accuracy of ~ 30 — 100pm and made from clear
resin so that lubricant could be seen in the internal pressure tubes of the bearing. This accuracy is not
sufficient for most hydrodynamic bearings, but since the radial clearance of the setup is 1.25mm this is
sufficient. The critical region of the printed bearing is the half circular bearing shape, as a small error
(e.g. in the range of +100nm) would have a significant effect on bearing performance. Therefore, to
account for the exact shape including the accuracy of the printed bearing, it was decided to perform
two 2D measurements of the printed bearing surface and use this as input for the numerical model
(see subsection 3.1.4). In this way, although the printed bearing might not be a perfect circular shape
with a constant and correct radius, the model and experimental setup will represent the same bearing
shape. The bearing assembly including pressure tubes and electromagnet is shown in Figure 2.8. Fur-
thermore, a cross-sectional view of the bearing is shown in Figure 2.9 to show the internal pressure
tubes of the bearing. Note the larger radius of the tubes at the top of the bearing, which allows the
straight external pressure tubes to be slid into.

Figure 2.9: Cross-sectional view of the bearing (part 1 in Figure 2.8) showing the internal pressure tubes.

2.4.3. Load cell implementation

Next to the pressure measurements performed using the pressure tubes, the generated forces on the
bearing need to be measured. In order to do this, three load cells were integrated into the setup. The
selected load cells were Futek LSB 200 load cells. One load cell was placed between the bearing and
the micrometer screw (to measure the horizontal force) and the other two were placed between the
blocks the leaf springs were mounted on (these are referred to as "spring holders”) and the module
board (to measure the vertical load). The placement of the load cells is also indicated in Figure 2.4.
The horizontal load cell was calibrated at a range of +45N and the vertical load cells were calibrated at
arange of £8.9N. The load cells were connected to a National Instruments USB-6008 data acquisition
device. This is a 12-bit acquisition device, resulting in a step size (and thus uncertainty) of i% =
0.044N in horizontal force and + 5% = 0.0087N in vertical force (as 1 bit is used for defining the sign,
meaning tension or compression, of the force). A data acquisition device with more bits would allow for
a lower uncertainty; however, the noise due to misalignment of the shaft and bearing and the vibrations
introduced caused a larger uncertainty than the step size. As the forces were averaged over a period
of 30 seconds (see section 2.7) and the fluctuations in force during these intervals were larger than
the step size (fluctuations of at least 3-4 steps), the introduced error should not be dominated by the
uncertainty due to the discrete step size.

The introduction of these three load cells required multiple additional modifications of the setup. Firstly,
the spring holders needed an extra hole to mount the load cells. For the attachment of the load cells
to the module board, new holes were also made in the module board. The goal of the two vertical load
cells is to be able to measure not only the vertical force generated, but also to calculate the friction force
by using the relative distance of the two load cells and the difference in vertical force measured. To
minimize the effect of the horizontal force exerted by the micrometer screw on the measured moment,
the horizontal load cell was placed directly in line with the bottom of the bearing (such that the horizontal
force acts through the center of the bearing and thus does not influence the frictional moment). For the
attachment of the load cell to the bearing, a custom piece was manufactured whic will be referred to
as 'spring clamp’. To ensure that the micrometer screw aligned with the load cell and the bottom of the
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bearing, the micrometer screw stand needed to be lowered (and thus a new part was manufactured).
The last modification had to be made to the leaf springs. Due to the implementation of the vertical load
cells the bearing was raised. To ensure that the relative height of the bearing with respect to the shaft
did not change, the leaf springs were shortened. To compensate for the increase in stiffness of the leaf
springs (due to the decrease in length), the thickness of the leaf springs was decreased. The thickness
of the leaf springs was reduced from 0.5mm to 0.25mm. An explanation of the determination of the
thickness of the leaf springs is given in Appendix A.

Friction at the micrometer screw

During testing it was discovered that the interface between the micrometer screw and the horizontal
load cell introduces friction which takes up part of the vertical force. This introduces uncertainty and
an incorrect measurement of the vertical force. To minimize this friction force, the effectiveness of two
potential mitigating measures was investigated. The first option was to slightly push against the bearing
during operation to temporarily reduce the normal force and potentially remove the elastic deformation
at the interface that causes the friction force. The second option was to introduce a compliant joint
between the micrometer screw and the horizontal load cell. A simple test was performed to test the
effectiveness of these methods, which is elaborated on in Appendix B. The conclusion was that with
the introduction of a compliant joint, the error introduced in the vertical force measurement was reduced
to about 1%. The compliant joint was 3D printed from PET-G and the technical drawings of the part
can be found in Figure H.2.

2.5. Determination of the generated forces

The purpose of the measurements was to determine the load capacity, friction force and pressure
distribution for different values of horizontal eccentricity e, and magnetic field strength H (only for mea-
surements with MR fluid). The pressure in each tube was calculated using Equation 2.1, where p is
the pressure, p the density of the lubricant, hgqyq the height of the fluid column measured from the tube
inlet and g the gravitational constant.

P = pghfiuid 2.1)
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The horizontal and vertical forces based on the measured forces are calculated as in Equation 2.2
and Equation 2.3 respectively, where F}, is the force measured by the horizontal load cell, F; is the
force measured by the left vertical load cell and F,. the force measured by the right load cell, wiype; =
huid,external Awpepg 1S the weight of the fluid column in the straight (external) section of pressure tube i
(Where hpyig externar IS measured relative to the measurement threshold) and wintemari = Vinternatipg (with
Vintenalj being the volume of the internal section of pressure tube i) is the weight of the fluid in the
internal section of the pressure tube (inside the bearing). See also Figure 2.10 for the location of the
force vectors. Note that winemaj is only added when wye ; for the same tube is larger than zero (the
fluid column protrudes above the measurement threshold), which will be explained below.

Fx = —Fy (2.2)
10 10
Py =—-F—-F. + Zwtube,i + Z Winternal, i (2-3)
=0 =0
«— >
vl (vl (V] IV IV [V] V] I._-___

Figure 2.10: Two-dimensional free body diagram of the experimental setup (front view of the setup). Location of
the wintemaii @rrows is only indicative. External pressure tubes are shown in orange.

The horizontal force was measured using the horizontal load cell and the vertical force using the sum
of the forces measured by the two vertical load cells. However, the vertical force is also affected by
the weight of the lubricant in the pressure tubes as a result of the bend of the tubes. As the inlet is
at an angle that depends on its location on the bearing surface, the lubricant pressure pushes against
the tube (and thus the bearing) under an angle. This force is equal to the force that would have been
pushing on the bearing if the tube had not been there. However, the weight of the lubricant pushes
straight down onto the bearing and this force would not have been present if the tube was not there (this
situation is comparable to the force of an incompressible fluid on a pipe bend as described by Phay et
al. [12]). This downward force means that the upward vertical force measured by the load sensors is
smaller than the upward hydrodynamic force we are interested in. To compensate for the weight of the
fluid, the vertical force is adjusted by adding the approximated weight of the lubricant in the pressure
tubes, using the measured height of the fluid column. The weight of the fluid within the bearing winternar,i
(in the curved tubes) is added separately from the weight of the fluid in the straight (external) pressure
tubes wype ;. The weight of the fluid within the curved tubes in the bearing was only included once the
fluid rose above the "measurement threshold” as indicated in Figure 2.10 (the "measurement threshold”
also indicates the division between the internal section of the pressure tubes and the external section
of the pressure tubes). If the fluid level was below the measurement threshold, it was impossible to
determine the exact height of the fluid due to the limited transparency of the bearing and therefore the
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assumption was made that the pressure tube was empty (and thus the lubricant weight in that pressure
tube was assumed to be zero) when the fluid was below the measurement threshold. Therefore, the
calculated weight, and thus vertical force, will be a slight under-approximation, as fluid could be present
in the tubes but not yet protrude above the measurement threshold.

The frictional moment is calculated using the difference between the vertical force measurements, using
equation Equation 2.4, where M is the frictional moment, a is the distance from the left of the bearing to
the center of the bearing hole, Fy is the vertical force, L, is the length of the bearing, c is the distance
of the micrometer screw above the bottom of the bearing, duse; is the horizontal distance of pressure
tube i measured from the left side of the bearing and djnemai; is the horizontal distance of the center of
gravity of internal tube i measured from the left side of the bearing (see also Figure 2.10).

10 10

Mf =a- Fy + Ly F.—c- Fj, — Z wtube,idtube,i - Z winternal,idintemal,i (24)
=0 =0

Similarly as for the vertical force, the moment due to wintermari is only included if for the same tube wype i
is greater than zero, as this means that the fluid column protruded above the bearing (measurement
threshold) and thus the entire internal tube was filled with lubricant. The distance c will be close to zero
in the experimental setup (as explained in subsection 2.4.3); however, it is included in the equation to
account for a small misalignment that could affect the measured frictional moment. The friction force
F can then be simply calculated by dividing the frictional moment by the radius of the bearing. The
summation takes into account the weight of the lubricant in the pressure tubes (as explained before, this
should be taken into account as this is measured by the force sensors but is not part of the hydrodynamic
forces generated). However, because the fluid does not rise above the measurement threshold in the
first few pressure tubes on the left (depending on the operating conditions), a portion of the moment
induced by the fluid weight is neglected. As this is mainly on the left side of the shaft, this assumption
will cause the measured frictional moment to be slightly smaller than it actually is.

Finally, it is important to note that where normally the load capacity of a journal bearing is defined as
the vertical force, in this thesis the load capacity is defined as the magnitude of the force vector Fp,aq
as given in Equation 2.5. The reason for this is that the eccentricity of the bearing is prescribed, where
normally the bearing is free to move to a position where the horizontal force component is equal to zero
and the vertical force component is the load capacity. To not neglect the horizontal force component, it
is more logical to set the load capacity equal to the magnitude of the force vector.

Frmag = \/F% + FZ (2.5)

The friction coefficient can be calculated using Equation 2.6.

_ My/Rp  Fy

= 2.6
F, mag F, mag (2.6)

Due to the leaf springs and weight of the setup, the force sensors will measure a force without operation
of the bearing. This force will vary based on the eccentricity and magnetic field strength (as the elec-
tromagnet pulls the bearing towards the shaft). To correct for this force, calibration measurements are
performed and the difference between the normal measurements and the calibration measurements is
used to determine the forces and moment generated by the hydrodynamic bearing.
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2.6. Fluid properties

For the test measurements of the setup AVIA Fluid RSL 32 was used, which is a hydraulic mineral oil.
The MR fluid used for the measurements is a diluted variant of MRHCCS4-A made by Liquids Research
Ltd, of which the mass fraction of carbonyl iron particles is reduced from 70% to 20%. Furthermore, the
ratio of additives was altered and ~ 10um Boron Nitride particles (with the goal of reducing bearing wear
due to iron particles) were added. The fluid properties are summarized in Table 2.5. The hydraulic oil
has a much lower viscosity compared to the MR fluid in the absence of a magnetic field and therefore
the performance of both lubricants should not be directly compared. The tests and simulations with
hydraulic oil are mainly intended to investigate the performance of the test setup and to understand the
potential differences between the experiments and the model.

Property Value
MR fluid Carrier oll Hydrocarbon
Particles Carbonyl iron
Particle size 1-2 um
Mass fraction 20%
Volume fraction ~ 2%
Density 1218 [kg/m?]
Dynamic viscosity Figure 2.11
Anti-wear particles Boron Nitride
Anti-wear particle size  10um
Hydraulic oil  Density 852 [kg/m?|
Dynamic viscosity Figure 2.11

Table 2.5: MR fluid properties.

To determine the dynamic viscosity of both fluids for different temperatures, shear rates and (for the
MR fluid) magnetic field strengths, the fluids were tested on the Anton Paar MCR 302 rheometer. Fig-
ure 2.11a plots the viscosity versus the shear rate and clearly shows the strong shear-thinning behavior
of the MR fluid. The viscosity of the hydraulic oil decreases very slightly with increasing shear rate, in-
dicating its very weakly shear-thinning. The shear rates encountered during testing with the hydraulic
oil, were in the range of 10-2500s~! (as found using the numerical model) over which the viscosity was
pretty much constant (variation of only +0.3% with respect to the average viscosity over this shear rate
range). Therefore, in the theoretical model the average viscosity over the encountered shear rate was
used.
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Dynamic viscosity versus shear rate for T=25 °C Dynamic viscosity versus magnetic field strength for T=25 °C
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Figure 2.11: Viscosity of the MR fluid and hydraulic oil.

Figure 2.11b plots the dynamic viscosity versus the applied magnetic field strength for different shear
rates. The viscosity increases strongly for increasing magnetic field strength, where it must be noted
that the magnetorheological effect is significantly stronger for low shear rates. This is probably due to
the fact that the particles chains can be formed easier and are less quickly broken due to the low sliding
velocity. For a shear rate of 505~ the viscosity increases almost by a factor 30 with an applied magnetic
field of 125kA/m while for a shear rate of 1010s~* this is decreased to a factor 8 and for a shear rate of
3130s~! the increase is only a factor 3.5. This is an important characteristic as the encountered shear
rates in the performed experiments are in the range 10-2500s~" (as found using the numerical model).
Moreover, it can be noted that for a very small magnetic field strength, the viscosity barely increases
which is probably due to the fact that the magnetic field is not strong enough for particle chains to fully
form. For large magnetic field strength it can be noted the curves flatten as the amount of formed
particle chains reaches its limit due to magnetic saturation of the particles.

The effect of temperature on viscosity can be seen in Figure 2.11c. For both the hydraulic oil and the
MR fluid, the viscosity decreases with increasing temperature. This effect is strongest for the hydraulic
oil, while for the MR fluid the effect decreases for increasing magnetic field strength. This is the case
because for high magnetic field strengths, the particle chains have the dominant effect over the carrier
oil on the viscosity [13]. Note that the hydraulic oil was tested for a different temperature range, as both
fluids were tested only for the temperatures encountered during testing.

Finally, since the MR fluid is strongly shear-thinning, the effect of temperature might also be different
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at different shear rates. The dynamic viscosity as a function of temperature for different shear rates is
shown in Figure 2.11d. The hydraulic oil is not plotted in this graph as the viscosity was found to be
almost constant for different shear rates, so the temperature effect was also equal for different shear
rates. It can be seen that for higher shear rates, the effect of temperature (the decrease in dynamic
viscosity due to an increase in temperature) is slightly larger. A potential reason for the slightly stronger
temperature dependence at high shear rates is that at higher shear rates the influence of the carrier oil
might become more dominant relative to the influence of the particle chains on the viscosity.

2.7. Experimental procedures

In this section, the experimental procedures are introduced. Experiments are performed with both
hydraulic oil and MR fluid as lubricant, which differ slightly and are therefore discussed separately in
subsection 2.7.1 and subsection 2.7.2 respectively. The measurements using hydraulic oil and MR
fluid were performed without disassembling the bearing setup. This ensures that the uncertainties in
vertical and horizontal eccentricity are limited. Due to the finite stiffness of the compliant joint, there is a
difference between the prescribed displacement by the micrometer screw and the actual displacement
of the bearing. The effect of this on the eccentricity ratios tested for, is described in subsection 2.7.3.

2.7.1. Experimental procedure for hydraulic mineral oil tests

All tests were performed at a constant rotational speed of 50rpm. For measurements with hydraulic oil
as lubricant, the eccentricity ratio was varied from 0.6 to 0.92 in steps of 0.04 (or equivalently, a fluid
gap of 0.5mm to 0.1mm in steps of 0.05mm). First, calibration measurements were performed while
the shaft was stationary. The bearing was moved to an eccentricity ratio of 0.6 and then moved in steps
of 0.04 (steps of 0.05mm) until an eccentricity ratio of 0.92 was reached. For each eccentricity ratio,
the average force measured by each sensor was calculated over a measurement period of 30 seconds
to average out noise. Next, the oil pan was filled with the lubricant and the actual test was performed.
Again, the bearing was moved from an eccentricity ratio of 0.6 to 0.92. Before each measurement,
the shaft was spun for 5 minutes at 50rpm, to give the lubricant the time to rise in the pressure tubes
and reach equilibrium. After 5 minutes, the measurement was performed for a period of 30 seconds
over which the average was taken. This was done to average out the noise and the force oscillations
caused by the oscillating eccentricity ratio (due to misalignment of the shaft and the bearing and the
eccentricity of the shaft in the ball bearings; see also subsection 4.1.2). Furthermore, the height of the
fluid columns in the pressure tubes was measured by hand using a steel ruler. Finally, the temperature
of the lubricant in the oil pan was measured using a type K thermocouple, with an accuracy of £1°C.
After the measurement was performed, the eccentricity ratio was increased by turning the micrometer
screw (while keeping the motor turned on) and the same procedure was followed. This procedure was
repeated until the largest eccentricity ratio was reached, after which the motor was turned off. After
a test was performed, the setup was moved back to an eccentricity ratio of 0.6 so that the oil could
flow back out of the pressure tubes into the oil pan, before repeating the test. The test was repeated
five times to verify repeatability and have multiple data points. During the tests, the load cell data was
captured every 50ms (or equivalently at 20Hz).

2.7.2. Experimental procedure for MR fluid tests
Several changes to the experimental procedure for the tests with hydraulic mineral oil had to be made
to test with MR fluid. This is due to two factors:

1. The tests with MR fluid had to be performed for several magnetic field strengths (different values
of applied current).

2. The viscosity of the MR fluid is very high and the MR fluid is gray and opaque. This had two
implications. First of all, because of the high viscosity, it took a long period of time before the
fluid reached equilibrium in the pressure tubes. Second, it was impossible to see a decrease in
pressure as a layer of the opaque fluid would stick to the inside of the pressure tube even if the
fluid column lowered.

All tests were again performed at 50rpm. For the measurements with MR fluid the eccentricity ratio
was again varied from 0.6 to 0.92, however, in steps of 0.08 (or equivalently in steps of 0.1mm). This
was done because the experiments were quite time consuming as it took a long period of time for the



20 Chapter 2. Experimental setup

lubricant to reach equilibrium in the pressure tubes due to the high viscosity. Equilibrium was assumed
if after a time period of ten minutes the height of the fluid columns increased by less than 1mm. This
took anywhere between 1 and 2 hours, depending on the temperature and eccentricity ratio. After
increasing the magnetic field strength the same criterion of equilibrium was used and the time period
needed was in the range of 30 to 50 minutes (the increase in column height was smaller than for a
new eccentricity ratio, so less time was needed). The current through the coil was increased from 0A
to 1.2A in steps of 0.4A.

Due to the second issue, the tubes had to be cleaned after an experiment was performed at a specific
eccentricity. For this reason, the tests were performed in a slightly different order. MR fluid tests were
performed per eccentricity. First (when the motor was turned off), a 30-second calibration measure-
ment was made at the set eccentricity. Then the current through the coil was increased and for each
current setpoint a calibration measurement of 30 seconds was performed. Afterwards, the current was
set equal to zero again and the motor was turned on. When equilibrium was reached (as described
above), a 30-second measurement was performed, the height of the fluid columns in the pressure
tubes was measured and the temperature of the lubricant in the oil pan was measured. Additionally,
the temperature of the fluid near the yoke (at the side of the bearing as the thermocouple was too large
to place inside the fluid film between the shaft and the bearing) and the temperature of the yoke itself
were measured, as the electromagnet introduces extra heat into the system. After the measurements
were performed for all current setpoints, the electromagnet and motor were switched off. Afterwards,
the straight (external) pressure tubes were removed and cleaned by pushing a piece of paper through
the tubes. Then the procedure including calibration was repeated for the next eccentricity ratio. This
procedure was repeated three times for every eccentricity ratio. The load cell data was captured every
10ms (or equivalently at 100Hz) to have a bit more data points (compared to the experiments with
hydraulic oil), especially to analyze the time-dependent fluctuations in the measured forces.

2.7.3. Eccentricity

The prescribed eccentricity ratio in the horizontal direction ex ,, was varied between 0.6 and 0.92, with
incremental steps of 0.04. However, because of the finite stiffness of the compliant joint, the actual
eccentricity ratio of the bearing is smaller. The actual displacement zpe4/ing Of the bearing based on the
displacement set by the micrometer screw xmicrometer, the measured horizontal force Fj, and the deter-
mined stiffness of the compliant joint Kcompiiant can be calculated using Equation 2.7 (see Appendix B
for a detailed explanation).

Fy

_ 2.7
K compliant ( )

Tbearing = Tmicrometer —

This results in slightly different eccentricity ratios measured for (the actual eccentricity ratios ex , ), which
are given in Table 2.6. For the MR fluid test, only half of the eccentricity ratios (steps of 0.08 between
eccentricity ratios) were tested for due to the length of the tests. This means that MR fluid tests were
performed for ex , = 0.63,0.70,0.78,0.86,0.94. Throughout this thesis, the actual eccentricity will be
referred to as ex. The vertical eccentricity was set as close to zero as possible using gauge blocks
which resulted in ey = —0.06 (due to a small mistake in setting the correct height, it was not exactly
equal to zero). These values for ex and ey were used as input for the numerical model. Furthermore,
since ey =-0.06, the horizontal force will not be perfectly aligned with the bottom of the bearing, resulting
in ¢ =-0.075mm (see Figure 2.10 for the definition of c).
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Prescribed eccentricity ratio ex ,, | Actual eccentricity ex
0.6 0.63
0.64 0.67
0.68 0.70
0.72 0.74
0.76 0.78
0.80 0.82
0.84 0.86
0.88 0.90
0.92 0.94

Table 2.6: Prescribed versus actual eccentricity ratio.

2.8. Limitations
Several limitations in the setup are identified which are discussed below.

1. Temperature control As the lubricant is contained in the open oil pan and no temperature control
measures are included in the setup, the temperature will be mainly influenced by the environmen-
tal temperature. Due to the relatively large film thickness and low operating speed, not much
heat will be generated as a result of the operation of the test setup. When current is applied to
the coil, the electromagnet will heat up quite quickly. This also increases the temperature of the
lubricant flowing through the bearing. The increase in temperature cannot be controlled in the
current setup, but to ensure that it can be taken into account, the temperature of the lubricant will
be measured during testing. The temperature of the lubricant is important as it directly affects the
viscosity (as explained in section 2.6).

2. Force magnitude The magnitude of the generated load capacity is limited due to the stiffness
of the leaf springs and the height of the pressure tubes. As the minimal film thickness is on
the right side of the bearing and the shaft rotates clockwise, the buildup pressure will push the
bearing towards the right (away from the micrometer screw). This means that the horizontal force
generated by the bearing cannot exceed the horizontal force due to the leaf springs that keep the
bearing pressed against the micrometer screw. Stiffer leaf springs could be used to increase this
force; however, this would also introduce a larger horizontal reaction force which is transferred to
the load cells measuring the vertical force. This is not desired, as this could potentially damage
the load cells and might affect the accuracy of the vertical force measurements. Some tests were
performed to check the performance of the vertical load cells when loaded horizontally. These can
be found in Appendix B, where the performance of the compliant joint and the effect of horizontal
loading on the vertical load cells are investigated simultaneously. Furthermore, the pressure
generated is limited by the length of the pressure tubes; however, as the design allows for the
tubes to be swapped out, longer tubes can be fitted if necessary.

3. Minimal film thickness As the eccentricity of the bearing is prescribed in the setup using a
micrometer screw, the best accuracy reached in the eccentricity is around +0.01mm. However,
every slight misalignment or eccentricity of the shaft with respect to the ball bearings it rotates
in causes an inconsistent eccentricity (with respect to the hydrodynamic bearing) over a shaft
revolution. Due to this inconsistent eccentricity over a shaft revolution, it is basically impossible
to reach very large eccentricity ratios, as over a revolution the shaft and bearing will then touch.

4. Uncertainties in eccentricity The vertical location of the bearing is set by attaching it to the leaf
springs. The leaf springs have slotted holes to allow for some freedom in aligning the bearing.
However, this makes it very difficult to mount the bearing with high accuracy relative to the shaft.
To reduce this uncertainty, the bearing was placed on top of gauge blocks to accurately define the
height. This ensures that the height is accurately known and kept constant while the leaf springs
can be attached. The horizontal eccentricity is also hard to determine accurately due to misalign-
ment of the shaft and bearing and the eccentricity of the shaft with respect to the ball bearings it
is mounted in. The horizontal eccentricity is determined using ex = 1 as a reference point, which
is the case when the micrometer screw does not touch the bearing (because then the bearing is
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pushed against the shaft due to the leaf springs). This was done without any lubricant present
in the system. By turning the micrometer screw until the horizontal load cell measured a force,
it was determined when the micrometer screw started moving the bearing and thus started de-
creasing ex (the micrometer screw pushes the bearing away from the shaft and thus decreases
the eccentricity ratio). Furthermore, the maximum eccentricity ratio was determined for which the
horizontal force was constant throughout a full shaft rotation, indicating that the bearing and shaft
do not touch anymore. The difference between these is a measure of the uncertainty in horizontal
eccentricity over a shaft rotation, which was equal to ~0.08mm. The final uncertainty in the hor-
izontal eccentricity is the deformation of the compliant joint. The deformation was approximated
based on the measured stiffness of the leaf springs and the reduction in horizontal force for a
given prescribed displacement with the compliant joint installed (see Appendix B). As explained
in subsection 2.7.3 the eccentricity is compensated for the stiffness of the compliant joint; how-
ever, this off course still introduces a small uncertainty due to the approximated compliant joint
stiffness.



Theoretical model

The numerical model was constructed using COMSOL MULTIPHYSICS 6.1. The model consists of two
different physics which can be simulated independently; a magnetic field model and a fluid flow model.
The magnetic field model is a three-dimensional simulation of the electromagnet and bearing setup
and is used to calculate the magnetic field strength within the fluid film. The results of this simulation
were used as input for the two-dimensional fluid flow model, where the Reynolds equation is used to
solve for the pressure within the fluid film. This chapter will discuss the theory behind the fluid flow and
magnetic field model separately in section 3.1 and section 3.2 respectively. Note that some definitions
as defined in section 2.3 will be used again. Verification of the models introduced in this chapter can
be found in Appendix E.

3.1. Fluid flow model

The fluid flow can be modeled separately from the magnetic field. First, the implementation of the
Reynolds equation and the cavitation algorithm is discussed in subsection 3.1.1. The magnetic field
model, as introduced in section 3.2, is used to calculate the magnetic field strength at the bearing sur-
face, which is used as input for the viscosity of the MR fluid as described in subsection 3.1.2. The
definition of the film thickness profile is explained in subsection 3.1.3. In subsection 3.1.4 the imple-
mentation of the actual bearing shape (since the bearing shape of the actual bearing was not perfectly
circular) is elaborated on. Then, the equations used to calculate the forces generated in the bearing us-
ing the pressure distribution found by solving the Reynolds equation are presented in subsection 3.1.5.
Finally, the COMSOL implementation of the model is discussed in subsection 3.1.6

3.1.1. Reynolds equation

Fluid flow is normally described using the Navier-Stokes equations in combination with a continuity
equation (to include mass conservation). Generally, simplifications are made to make the equations
easier and quicker to solve. For the application of the Navier-Stokes equations in hydrodynamic bear-
ings, many simplifying assumptions can be made resulting in the much simpler Reynolds equations. A
full list of the simplifying assumptions needed for the Reynolds equation is given in Appendix C, but
the most important simplification is that inertial forces are neglected. The two-dimensional Reynolds
equation is given in Equation 1.9 [1], where h is the film thickness, p the fluid density, n the viscosity, p
the pressure and Uy, Us, V4 and V; the velocity of the boundaries in the x- and y-directions at the shaft
and bearing surface respectively (where x is in the circumferential direction, y is in the axial direction,
subscript 1 refers to the shaft and 2 to the bearing).

d [ ph3 dp 0 (ph®0p\ Ui+ Uydph Vi+Vodph  ph O ph 0 dph
ax(max Tog\may) = "2 ax T2 oy Tz T g, (T e
(3.1)

Equation 3.1 can be further simplified because in a hydrodynamic bearing there is no vertical surface
velocity (for steady and stationary operation) and no surface velocity in y-direction. This means dh/dt,
V1 and V; can all be set equal to zero. Furthermore, the fluid is assumed to be incompressible, meaning
the density can be cancelled out of the equation, resulting in Equation 3.2 (where U = U; + Us).
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An important phenomenon to take into account when modeling hydrodynamic bearings is cavitation.
In the diverging region of a hydrodynamic bearing the pressure will become below the cavitation pres-
sure, causing gas bubbles to form in the fluid film which consequently change the pressure distribution.
To accurately account for this effect, a cavitation model should be implemented. In this thesis, the
cavitation algorithm of Alakhramsing et al. [14] is implemented, which is based on the JFO boundary
conditions. The modified Reynolds equation that is solved with this algorithm implemented is given in
Equation 3.3. In their algorithm, both the mass fraction f and the pressure p are replaced by functions
of a newly introduced variable £&. These transformation functions for pressure and mass fraction are
given in Equation 3.4a and Equation 3.4b respectively.

9 [(—h?0¢ hf 9 [—h? o8\

(TS )+ 2 (G (€2 0+ (e <0k, 5 ) =0 (33)
p=(£>0)¢ (3.4a)
f=1+(<0)cpt (3.4b)

The modified Reynolds equation can then be solved for £ and the pressure and mass fraction can
consequently be calculated using the transformation functions. The cavitation pressure is assumed to
be equal to the ambient pressure (equal to zero for the proposed model), which is a good assumption
since the lubricant is often exposed to ambient pressure for long periods of time. When ¢ > 0, it equals
the pressure and the mass fraction is equal to 1. When ¢ < 0, cavitation is present and the pressure
is equal to zero while the mass fraction can be determined using Equation 3.4b. ¢y is a transformation
constant that is needed to numerically stabilize the convection-dominated Reynolds equation (within
the cavitated region) by introducing some artificial diffusion. The amount of artificial diffusion can be
chosen freely; however, should not be so large causing too much damping while being large enough
to suppress oscillations in the solution [14]. When using ¢; = 3;‘—2 for linear elements (or ¢y = S%Ih;e
for quadratic elements), where h. is the local mesh element size, the modified Reynolds equation
including artificial diffusion can be written as in Equation 3.3. Furthermore, the equation is numerically
stabilized in y-direction as well, by adding artificial diffusion in the crosswind direction by means of
kap,y- kap,y is chosen similar to the artificial diffusion in x-direction, but is scaled relative to the angle
between the gradient of the flow solution and flow direction and is defined as in Equation 3.5 with
0 = le — 10. For a complete derivation of Equation 3.3 including a more elaborate explanation of the
chosen transformation constant c¢, kap and kap y, the reader is referred to [14].

kap.y = kap,,kap (3.5a)
og | |68
oz | | Oy
kap,y = 2 3 (3.5b)
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3.1.2. Magnetorheological fluid model

MR fluids have a yield stress under the influence of a magnetic field (below which they behave like a
solid) and are (strongly) shear-thinning, meaning the viscosity strongly depends on the shear rate. In
literature, many viscoplastic rheological models exist to capture this behaviour of MR fluids, such as the
Bingham plastic model and the Herschel-Bulkley model (see also Appendix D). The shear rate changes
over the thickness of the film, which means that the viscosity of the MR fluid is not constant throughout
the film. In order to take into account variations in fluid properties across the film thickness, Dowson [15]
derived the generalized Reynolds equation. As implementation of the generalized Reynolds equation
in combination with a viscoplastic rheological model and a proper cavitation model can be complex
and creating an ’ideal’ model was not the main focus of this thesis, it was decided to stick to the non-
generalized Reynolds equation. To capture the strongly varying shear rate in the bearing, the shear
rate in the middle of the fluid film was calculated, which is just the shear rate due to Couette flow (in the
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middle of the fluid film the shear rate due to Poiseuille flow is equal to zero). The viscosity of the MR
fluid was then determined by performing a two-dimensional interpolation of the viscosity for the local
shear rate and the magnetic field strength normal to the fluid film. This is a strong simplification as the
shear rate also largely varies in radial direction which is now neglected; however, it does allow us to
stick to the non-generalized Reynolds equation. Furthermore, the measured viscosity as a function of
shear rate and magnetic field strength can be implemented directly by means of interpolation without
having to fit a viscoplastic model to the viscosity data.

3.1.3. Film thickness profile

To solve the Reynolds equation as given in Equation 3.3, the film height must be defined around the
bearing surface. Using an eccentricity ratio in X- and Y-direction (as defined in Figure 2.5), the film
thickness can be defined as in Equation 3.6.

h = AR(1 + ex cos(®) — ey sin(®)) (3.6)

As the experimental test setup contains multiple pressure tubes with relatively large inlet holes, this
should be incorporated into the model. Over the area of the inlets, a constant (but unknown) pressure
is expected. This is implemented by setting the film height at the tube inlet locations a factor 100
(arbitrary but large) higher than the radial clearance. This ensures that the pressure over the inlets is
constant. Another implementation was to set the pressure gradient at the inlets equal to zero; however,
this method is computationally more demanding as extra constraints are introduced and the simulation
convergence is less good.

3.1.4. Bearing shape implementation

As the bearing was 3D-printed, tolerances of the bearing were not ideal. The tolerance of the circular
section of the bearing is critical as a difference of £0.1mm has a significant effect on bearing perfor-
mance. As the bearing tolerance could not easily be improved with the current production method,
two 2D measurements of the bearing were made at DEMO (Dienst Elektronische en Mechanische On-
twikkeling) to determine the actual shape of the bearing. A measurement determining the radius and
roundness found a deviation from the intended radius of ~ 0.05 — 0.15mm and a deviation on the round-
ness of ~ 0.1mm. This indicated a significant deviation on the bearing shape. To capture the actual
bearing shape in the model, a full 2D measurement was performed where a point cloud was stored of
the actual bearing shape. This measurement was taken on both sides of the bearing (front and back)
and was used to determine the radius of the bearing as a function of the circumferential position. To
simplify the COMSOL implementation, the average radius of the two measurements was used as input
for the model. Figure 3.1 shows the determined radius at the front and back of the bearing, the average
radius and the intended radius of 26.25mm.
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Figure 3.1: Radius of the printed bearing as function of circumferential position.
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Several interesting conclusions can be drawn from the measured radius. The radius of the bearing
oscillates around the intended radius and has a maximum error of +0.1mm. Furthermore, the radius
at the front is about 0.05-0.1mm larger than the radius at the back of the bearing. This can be due to
how the bearing is printed or due to some warping during curing of the bearing. The oscillation of the
radius at front and back of the bearing does seem to have a similar shape. Many smaller oscillations
can be seen, which are probably due to the discretization of the printer and printer settings. Finally, the
larger oscillations at the front side of the bearing around the circumferential position of 50-60mm can
be caused by the fact that a small crack was formed during production, which was repaired by filling it
with some glue.

The non-constant bearing radius meant that Equation 3.6 had to be slightly modified as AR is not a
constant value but varies with circumferential position. The equation implemented for the height of the
film is given in Equation 3.7, where Rg scua is the average radius as shown in Figure 3.1 and thus
varies with the circumferential position in the bearing and Ry is the radius of the shaft.

h= (RB,actual — Rs)(l +€x COS(CI)) — €y sin((I))) (3.7)

3.1.5. Derived values

Using the pressure distribution found by solving Equation 3.3 and using Equation 3.4a, the generated
forces were calculated. The horizontal and vertical forces were calculated by integrating the pressure
over the bearing domain using Equation 3.8 and Equation 3.9 respectively, where & is the circumfer-
ential position as defined in Figure 2.5.

Fx pressure = // —pcos ®dA (3.8)
S

Fypressure = //psin OdA (3.9)
JJs

In addition to the forces due to the fluid pressure, forces are generated due to the shear stress exerted
on the bearing and shaft. The shear stress can be calculated using Equation 3.10 [1]. By plugging in
z=0 or z=h, the shear stress can be calculated at the shaft surface and bearing surface respectively.

10p
Tz = 5%(22’ - h‘) + n

U, —-U,
h

(3.10)

The shear stress causes a resultant (frictional) moment and a horizontal and vertical force defined at
the center of the bearing. Normally in hydrodynamic bearings, the friction force is a factor 100-1000
smaller than the load capacity [1]. Therefore, the effect of the shear stress on the load capacity can be
neglected. However, in the experimental setup in this thesis the rotational velocity is low and the radial
gap is relatively large (1.25mm). Therefore, the effect of the shear stress on the load capacity cannot
be neglected. The horizontal and vertical force components exerted on the bearing due to the shear
stress are calculated using Equation 3.11 and Equation 3.12 respectively.

FX,shear = // —Tzx Sin(@)
JJS

Fy shear = // — T, COS(P)
JJS

The magnitude of these was found to be in the range of 2 to 13% of the pressure-induced force com-
ponents for oil and in the range of 1 to 20% for MR fluid (depending on eccentricity ratio and current
through the coil, where for a small eccentricity ratio and a large current, the shear induced forces are
more significant). Calculating these at the shaft and bearing surface should not matter; however, the

dA (3.11)

dA (3.12)

z=0
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calculated forces were found to differ. Simply implementing a geometry term did not solve the differ-
ences and more research is needed to determine how to correctly implement the equations at both
surfaces, as there is no existing literature on this topic (as the effect of the shear stress on the load-
carrying forces is normally neglected). As it is assumed that the differences are due to a geometric
effect and in the model the shaft surface is assumed to be 'flat’ (the geometric change in film thickness
is attributed to the bearing surface), the load-carrying forces due to the shear stress are calculated
at the shaft surface. These are added to the load capacity as calculated in Equation 3.8 and Equa-
tion 3.9 resulting in the total force in X- and Y-direction as given in Equation 3.13 and Equation 3.14
(the shear-induced forces are subtracted from the pressure-induced forces as they are calculated at
the shaft surface and the direction at the bearing is thus opposite). The magnitude of the force vector
is determined using Equation 3.15 (this is also referred to as the load capacity throughout this thesis,
as explained in section 2.5).

Fx = FX,pressure - FX,shear (3.13)

Fy = FY,pressure - FY,shear (3-14)

Fimag = \/ F% + F2 (3.15)

The frictional moment exerted on the bearing can be calculated at either the shaft surface or at the bear-
ing surface. In the model, the shaft surface is assumed to be flat, while the bearing surface is defined
with respect to this flat surface (to define the geometry of the bearing). For this reason, a geometric
friction component should be included when integrating the shear force at the bearing surface.

The frictional moment (defined around the center of the bearing) can then be calculated at the shaft
and bearing surface using Equation 3.16 and Equation 3.17 respectively [16].
dA (3.16)

M share = // RpT.s
S 2=0
dA (3.17)

oh
Mf,bearing = //S RB(—Tz;c —p%)
z=h

Note that the integration is performed only over the domain excluding the tube inlets, as at these loca-
tions the pressure cannot exert a shear force on the bearing but on the fluid only. The frictional moment
at the bearing and shaft surface is equal in magnitude but opposite in direction.

The friction force is simply defined as the the frictional moment divided by the bearing radius as in
Equation 3.18. This is a fictitious force that is defined to analyze the magnitude of the friction compared
to the load capacity of the bearing. Therefore, only the magnitude of this force is of interest, so it does
not matter whether it is calculated using the frictional moment at the bearing or shaft.

_ Mishatbearing (3.18)

F
f Ry

Another method of determining the friction force is using the concept of friction loss. By calculating the
friction loss using Equation 3.19 and dividing it by the sliding velocity, the (magnitude of the) friction
force can also be determined [16]. This method can be used to verify the correct implementation of
geometric friction calculation in the model.
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Finally, the friction coefficient u can be calculated by dividing the friction force by the load capacity as
in Equation 3.20.

F,
= f

= 3.20
Frnog (3.20)

3.1.6. COMSOL implementation

The Reynolds equation as given in Equation 3.3 is implemented by means of a General Form PDE in
COMSOL Multiphysics 6.1. Quadratic-order Lagrangian shape functions were used for discretization.
Convergence was assumed when the relative tolerance was less than 1 x 1073. Due to symmetry,
only half of the bearing needs to be simulated and the computational domain is given in Figure 3.2.
On the symmetry boundary, a zero flux boundary condition was set while on the other boundaries
a Dirichlet boundary condition with p = OPa (atmospheric pressure was set equal to zero, such that
the calculated pressure is relative to the atmospheric pressure) was imposed. Furthermore, the film
thickness is determined using Equation 3.7 for most of the domain except for within the circular pressure
tube inlets, where the film height is set equal to 125mm (factor 100 larger than the radial clearance AR)
as explained in subsection 3.1.3. The temperature is assumed to be constant throughout the bearing.
Finally, the viscosity of the MR fluid is interpolated in two dimensions based on the shear rate due to
the Couette flow only (in the middle of the fluid gap) and the magnetic field strength found using the
magnetic field model. For the simulations of the reference oil, the viscosity was assumed to be constant
throughout the domain.
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Figure 3.2: Computational domain of the fluid flow simulation.

A mesh convergence study was performed to determine the mesh refinement needed for accurate
results. The magnitude of the force vector (F,,g) is plotted against the number of degrees of freedom
(DoF) solved for in Figure 3.3a (the number of DoF increases with the amount of mesh elements).
Similarly, the friction force (F) is plotted against the number of DoF solved for in Figure 3.3b. As can
be clearly seen, both variables converge for approximately 8000 DoF solved for. The convergence of
these variables was analyzed, as these are directly compared to the experimental results. Based on
the mesh convergence study, an "extra fine” free triangular mesh was generated in COMSOL, resulting
in 9211 DoF solved for or 4012 mesh elements. The final mesh is shown in Figure 3.4.
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Magnitude of force vector versus number of degrees of freedom Friction force versus number of degrees of freedom
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Figure 3.3: Convergence of Finag and Fy, plotted versus number of DoF solved for.
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Figure 3.4: Mesh used in the fluid flow model.

3.2. Magnetic field model

The second numerical model that is implemented is used to calculate the magnetic field strength in
the fluid film. As the magnetic field depends strongly on the dimensions and relative distances of the
components of the setup (electromagnet, bearing and shaft), a three-dimensional model had to be
constructed to calculate the magnetic field strength within the fluid film. The output of this model (the
magnetic field strength in the fluid film) was used as an input for the fluid flow model to determine the
viscosity of the MR fluid. First, the theoretical background of the model is discussed in subsection 3.2.1
. Second, the determination of the material properties is explained in subsection 3.2.2. Finally, the
COMSOL implementation of the magnetic field model is discussed in subsection 3.2.3.

3.2.1. Theoretical background

The magnetic field is induced by an electromagnet consisting of a coil and a yoke. Using Equation 3.21
[17] the magnetic flux density within a material can be determined, with 1, the magnetic permeability
of free space (4710~7), M the magnetization of the material, H the magnetic field strength and ., the
relative magnetic permeability of the material.

B = po(H+ M) = pou,H (3.21)

To calculate the magnetic field strength, COMSOL solves Equation 3.22, Equation 3.23 and Equa-
tion 3.24 [18], where J is the current density, A is the magnetic vector potential (the variable solved for),
o is the electrical conductivity, E is the electric field intensity and J. is the externally generated current
density (specifically the current in the coil here).

VxH=1J (3.22)
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B=VxA (3.23)

J=0E+Je (3.24)

Je is calculated using Equation 3.25 [18], where N, is the amount of windings, I...;; the current through
the coil, A the area of the coil and e is a vector field that represents the local wire density, length,
average cross section and direction of the wires.

o Neoil coil

Je Tecoil

(3.25)
The magnetic field strength normal to film height was determined and used as input for the fluid film

model (as the magnetic field strength in that direction influences the formation of particle chains and
thus the viscosity of the MR fluid).

3.2.2. Material properties

To accurately model the magnetic field in the fluid film, the magnetic permeability of the materials used
must be known. The bearing was made from non-magnetic 3D-printed clear resin and therefore the
relative magnetic permeability was set equal to 1. Furthermore, for the air and the fluid film the relative
magnetic permeability was also set equal to 1. The relative magnetic permeability of the MR fluid could
be greater than 1, however according to Zheng et al. [19] the relative magnetic permeability for MR
fluids with volume fraction of ~ 2% (as is the case for the MR fluid used in this thesis) is close to
1. The relative magnetic permeability of the iron shaft and electromagnet yoke is unknown, as this
is generally not supplied by the raw material manufacturer. The relative permeability of ferromagnetic
steel is in the range of 100-1000 [20]; however, the exact number is difficult to determine. To make sure
the model accurately resembles the experimental magnetic field, the relative magnetic permeability of
the shaft and yoke was determined by performing experimental measurements of the magnetic field
strength for different current magnitudes. A simple 3D-printed test jig was made to mount the shaft and
electromagnet (and keep the relative distance constant), with a small hole in between where a Gauss
meter probe could be placed (see Figure 3.5).

| -

Figure 3.5: Setup to measure the magnetic field strength between the electromagnet and the shaft. 1 - Shaft, 2 -
Gauss meter probe, 3 - Yoke, 4 - Coll, 5 - Test jig.

The magnetic field strength was measured for a current of OA up to 2A, in steps of 0.1A. Furthermore,
the test was repeated eight times. A linear fit was made through the origin using the measurements
shown in Figure 3.6. As the magnetic field model is linear with respect to the current through the
coil, this linear fit could be used to tune the relative permeability of the shaft and yoke. Because
both were manufactured from similar materials, they were assumed to have equal relative permeability.
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From the comparison of the magnetic field strength calculated using the magnetic field model and the
experimental measurements, it was found that the relative magnetic permeability of the ferromagnetic
steel used is ~250, which is also in the expected range of 100-1000 for ferromagnetic steel. The
relative magnetic permeability of the different components is summarized in Table 3.1.
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Figure 3.6: Linear fit of magnetic field strength versus current through coil.

Parameter Value

Hshaft 250
Hyoke 250
Nbearing 1
Hair 1

Table 3.1: Relative magnetic permeability of different components.

The assumption here is that the difference between the measurements and the model can be attributed
solely to the unknown magnetic permeability and not to any other imperfections or effects that differ
between the simulations and the experiments. This is of course not a correct assumption; however, it
is used in this case because the magnetic field strength as calculated by the model is only needed to
determine the viscosity of the MR fluid and in this way it is as close to the experimental magnetic field
strength as possible.

3.2.3. COMSOL implementation

The magnetic field model was implemented in COMSOL using the Magnetic Fields (mf) interface.
Quadratic order elements were used for the magnetic vector potential. Convergence was assumed
when the relative tolerance was less than 1 x 1073, The model was made completely in three dimen-
sions and without symmetry because due to the eccentricity of the shaft no symmetry plane could be
determined. A large cube-shaped domain was created around the setup geometry with a magnetic
insulation boundary condition on its boundary surfaces. The coil was modeled as a Homogenized Mul-
titurn Conductor, which means the coil represents a bundle of insulated wires (as is the case for the coil
in the experimental setup). To transfer the magnetic field strength from the three-dimensional magnetic
field simulation to the two-dimensional fluid flow simulation, a general extrusion was used. The study of
the model was broken down into two steps. First, a Coil Geometry Analysis was performed to compute
the current flow in the coil. Afterwards, a stationary study was performed to compute the magnetic field
strength in the domain. The computational domain is shown in Figure 3.7. Note that the bearing was
simply modeled as a cylinder (and not as the full bearing), as the relative permeability was equal to 1
(similar to air) and it was only needed to create separate domains for the bearing and fluid film.
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i

(a) Complete computational domain of the magnetic field (b) Computational domain of the shaft, bearing and
simulation (including simulated box of air). electromagnet (coil highlighted in blue).

Figure 3.7: Computational domain of the magnetic field simulation.

As the radial clearance is relatively large (1.25mm) and the range of eccentricity ratios tested for is
also quite large (0.63-0.94), the distance between the yoke and shaft will vary quite a lot and have a
significant effect on the magnetic field strength in the fluid gap. Therefore, the magnetic field simula-
tion is performed for every eccentricity ratio separately (instead of for just one eccentricity ratio as is
done in most literature) to accurately calculate the magnetic field strength. This does increase the com-
putational costs significantly, as the three-dimensional magnetic field model is computationally heavy
compared to the fluid film model. A free tetrahedral mesh was generated where the size was set to
‘coarse’ for the simulated air around the setup and 'normal’ for the yoke, coil and shaft, as these are
relatively large parts where no exact output is required from. The mesh size in the bearing and fluid
gap was set to 'finer’ as these are relatively small domains and an increased amount of mesh elements
smooths the magnetic field strength solution, which is directly coupled to the fluid flow model to cal-
culate the viscosity of the MR fluid. A too coarse mesh in these domains causes numerical spikes,
which causes unrealistic local viscosities. This results in 1,895,328 DoF solved for or 351,685 mesh
elements (the exact number depends on the eccentricity ratio of the shaft). The final mesh (excluding
the simulated air around the setup) is shown in Figure 3.8.
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Figure 3.8: Mesh used in the magnetic field model.

The magnetic field strength normal to the film height at the bearing surface (the change in magnetic
field strength over the film height is negligible) for ex = 0 and I,,; = 1.2A is given in Figure 3.9a. As
expected, the magnetic field is symmetric around the middle of the bearing, relatively constant in the
areas covered by the yoke and is very close to zero elsewhere in the bearing. The magnetic field
strength normal to the film height for ex = 0.94 and I,; = 1.2A is shown in Figure 3.9b. Note that
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the magnetic field strength is significantly stronger but also less uniform in the area covered by the
yoke. This is because the magnetic field strength is strongly related to the distance between the yoke
and shaft, which is not a constant distance in the area covered by the yoke when an eccentricity in
X-direction is applied to the shaft.
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Figure 3.9: Magnetic field strength normal to the fluid film at the bearing surface for I,; = 1.2A and two different
values of ex.






Results and discussion

The numerical and experimental results will be discussed in this chapter. The experimental and numer-
ical results are presented for the experiments with hydraulic oil and MR fluid as lubricant in section 4.1
and section 4.2 respectively. Both sections follow the same structure, where the numerical and ex-
perimental results are presented first, followed by a discussion of the results and an explanation of
the differences between the model and experiments. Section 4.3 elaborates on the visual results and
performance of the demonstrator setup. Finally, in section 4.4 the performance of the semi-actively con-
trolled hydrodynamic journal bearing lubricated with MR fluid is discussed in relation to the research
objective.

4.1. Hydraulic oil lubrication

In this section the experimental and numerical results of the hydraulic oil lubricated hydrodynamic jour-
nal bearing will be presented and discussed. First, the results are presented in subsection 4.1.1. After-
wards, the results and the differences between the experimental and numerical results are discussed
in subsection 4.1.2.

4.1.1. Results

As explained in section 2.8 the temperature varied during and between tests. Because the viscosity
strongly depends on the temperature, a direct comparison of the individual tests is not representative.
To compensate for the change in temperature and thus viscosity, the experimental results are normal-
ized for the temperature measured during the test. This is done by calculating the relative change in
viscosity with respect to the viscosity at 25°C and multiplying the measured pressure and forces by
this factor. This is a valid method because forces and pressure should scale linearly with viscosity
based on the Reynolds equation. The lubricant temperature during individual tests, the viscosity of the
hydraulic oil at this temperature and the relative viscosity with respect to the viscosity at 25°C are given
in Table 4.1. All results presented in this section are normalized for temperature, but plots of the raw
data (not normalized for temperature) can be found in Appendix F.

Test number Lubricant temperature [°C] Viscosity [mPas] Viscosity at 25°C relative
to viscosity at measured

temperature
1 23 70.9 0.89
2 24 66.8 0.95
3 25 63.1 1
4 27 56.8 1.11
5 29 51.2 1.23

Table 4.1: Temperature, viscosity and relative viscosity during different tests.
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Pressure
The pressure is measured at ten circumferential positions on the bearing, which are again shown for
reference in Figure 4.1.

At Aty Aty At Aty A, AL, Aty Aty At
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Figure 4.1: Locations of the ten pressure tubes Figure 4.2: Measurement threshold. Level below which
schematically shown on the 'flattened’ bearing. the fluid pressure could not be determined. External
pressure tubes are shown in green.

The experimental results of the pressure distribution for different eccentricity ratios are shown in Fig-
ure 4.3. The shaded areas indicated the maximum and minimum of the experimental measurements
and the dashed line indicates the mean of the five measurements performed. The "minimum measur-
able pressure” represents the pressure below which the pressure could not be determined experimen-
tally. This is because it was impossible to accurately determine the height of the fluid column once it did
not reach the measurement threshold (equal to the top of the bearing as shown in Figure 4.2), because
the bearing was not fully transparent. The parabolic shape of the "minimum measurable pressure” is
caused by the difference in height (with respect to the top of the bearing) of the inlets due to the circular
shape of the bearing.

Fluid pressure in the bearing for different eccentricities
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Figure 4.3: Experimental pressure distribution for different eccentricity ratios with hydraulic oil lubricant
compensated for temperature.

At first glance, it may seem that the experimental pressure measurements are missing on the left side of
the bearing (small values of the circumferential position) because the experimental data are not plotted
there. However, this means that the pressure measurements of the individual experiments were all
below the minimum measurable pressure and would therefore result in a pressure of zero. To avoid
confusion for the reader, these data points are omitted from the graph and only measured pressures
are displayed. Furthermore, for data points where the mean is slightly above the threshold, some
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pressure measurements of individual experiments were actually below the threshold. As the exact
pressure was unknown in these cases, they were also removed from the mean and spread of the data
points. It could be argued that setting the pressure equal to the minimum measurable pressure would
better show the spread of these data points. However, since the data points need to be normalized for
temperature and are therefore multiplied by the relative viscosity (factor), this assumption could result
in an overestimation of the pressure and it was therefore decided to omit those data points.

It can be seen that the repeatability of the experiments is good with a wider spread for the maximum
pressure of each eccentricity ratio. This is logical because the peak pressure is the most sensitive to
small changes in the bearing or testing conditions. The pressure increases for an increasing eccentricity
ratio, where the increase in pressure (between subsequent eccentricity ratios) is also larger for higher
eccentricity ratios.

In Figure 4.4 the experimental results are compared with the numerical results for each eccentricity
ratio. For an increasing eccentricity ratio e x, the pressure increases and the maximum pressure moves
towards the right side of the bearing (towards the location of minimum film thickness). Around the center
of the bearing the numerical pressure is generally larger than the experimental pressure. However, the
slope of the experimental pressure profile is larger than that of the numerical pressure, which means
that the experimental pressure is larger close to the minimum film thickness (on the right side of the
bearing, except for ex =0.94). For ex =0.63, 0.67, 0.70, 0.74 and 0.78, the model predicts a decrease
in pressure for the pressure tube located on the right side of the bearing relative to the pressure tube on
its left. This pressure decrease towards the minimum film thickness is only observed in the experimental
results for ex = 0.63, 0.67 and 0.70.
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Figure 4.4: Experimental and numerical results of the pressure distribution at the center of the bearing with
hydraulic oil lubricant for different eccentricity ratios.
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Generated forces

The experimental and numerical results of the horizontal force F'x, vertical force Fy, friction force
F; and the force magnitude Fp,,4 plotted versus the eccentricity ratio ex are given in Figure 4.5. In
Figure 4.6 the Stribeck curve for constant speed is presented, which plots the friction coefficient 1, versus
ﬁag (the force magnitude on the x-axis is varied by changing the eccentricity ratio). As both the force
magnitude Fi,,g and the friction coefficient 1. vary between the individual experimental measurements,
the spread should be in two dimensions (a spread on the x-axis and on the y-axis per eccentricity).
However, to make the graph more readable and easier to interpret, the Stribeck curve is plotted with
the inverse of the mean force magnitude on the x-axis and the spread between measurements is given
as a shaded area on the friction coefficient i (y-axis). One measurement set had big and clear outliers
on the friction force and was therefore removed from these plots.
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Figure 4.5: Experimental and numerical results of the generated forces in the bearing with hydraulic oil lubricant.
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Figure 4.6: Experimental and numerical Stribeck curve for hydraulic oil for a constant speed of w = 50rpm.

When comparing the experimental and numerical results, it is interesting to see that the general trend of
the load-carrying forces (F'x, Fy and Fpag) is similar between the experimental and numerical results.
All of them are increasing with increasing eccentricity ratio and the force increase grows with eccentricity
ratio. The experimental results for the horizontal force are a bit higher than the numerical model except
for the highest eccentricity ratio tested for. The experimental vertical force is significantly lower than
the numerical force, although the shape of the graph is comparable. Looking at the force magnitude,
the results match pretty well except for ex = 0.94, where the numerical force is much larger.

Upon analysis of the friction force, it must be noted that the spread in the experimental measurements
is quite a bit larger than for the load-carrying forces. The general trend of the experimental friction
force is that it slightly decreases with eccentricity ratio and even becomes slightly negative for some
eccentricity ratios. This is very unrealistic, as this means that the friction experienced by the bearing
is in the opposite direction of the rotational direction of the shaft. The numerical friction force is of
similar magnitude, but increases with increasing eccentricity ratio. Looking at the Stribeck curve, both
the experimental and numerical results are of similar magnitude and the general trend is comparable,
where the friction coefficient increases with decreasing force magnitude (or equivalently increasing
1

m). The experimental friction coefficient for the smallest values of ﬁag is smaller than the numerical

model, mainly due to the very small (or even negative) friction force measured.

4.1.2. Discussion

Decent agreement is observed between the numerical and experimental results; however, mainly on
the pressure distribution, vertical force and friction force clear differences can be seen. In addition to
the visual comparison of the results in the figures in the previous section, the differences between the
numerical and experimental results as a percentage of the numerical results are given in Table 4.2. A
positive value means that the experimental result is larger than the numerical result. The color coding
indicates the magnitude of the difference, where red means a large difference and bright green means
a small difference (close to 0%).

€X Prax Fx Fy Fmag Ff
063 33% 39% -45% 1% 49%
0.67 27% 43% -33% 10% 33%
07 30% 34% -26% 8% -41%
074 29% 27% -22% 8% -49%
078 32% 19% -20% 5% -5%
082 33% 13% -23% 1% -57%
0.86 | 25% 8% -20% 0% -115%
09 [9% 0% 21% -5% -113%
094 -16% -22% -27% -22% -97%

Table 4.2: Difference between the numerical and experimental results as percentage of numerical results for
hydraulic oil lubrication. A positive value means that the experimental result is larger than the numerical result.



40 Chapter 4. Results and discussion

Pressure and load-carrying forces

The general change in pressure and load-carrying forces for increasing eccentricity ratio is consistent
between the experimental results and the numerical model as discussed above. Looking at the hori-
zontal and vertical forces, both the experimental and numerical results show an increase in force with
increasing eccentricity, where the horizontal force increases more strongly than the vertical force. This
is expected as the maximum pressure moves towards the minimum film thickness (on the right side of
the bearing) for increasing eccentricity ratio, primarily causing a rise in horizontal force. Moreover, more
pressure builds up with an increasing eccentricity ratio, so the maximum pressure and the magnitude
of the forces increase as well. In addition, the fact that the generated forces increase more rapidly with
increasing eccentricity ratio is expected, as the relative change in minimum film thickness increases.

As can be seen in Table 4.2 and Figure 4.5c¢, the force magnitude shows good agreement between the
experimental results and the numerical model, while larger differences can be seen for the maximum
pressure, the horizontal force and vertical force (especially for the vertical force). The experimental hor-
izontal force is generally larger than the numerical model (except for e x = 0.94), while the experimental
vertical force is significantly smaller compared to the model. The magnitude of the experimental force
matches pretty well with the model, where the difference is only in the range of -5% to 10% (except
for ex = 0.94, which will be discussed separately). The experimental maximum pressure is generally
higher than that found using the numerical model, with a difference of 9% to 33% (again except for e x
= 0.94). The differences are quite significant, which can be caused by multiple factors.

First of all, the difference can be explained by the uncertainty in eccentricity. Due to a non-perfect
alignment of the bearing and shaft and an uncertainty on the prescribed displacement of the bearing,
the exact position of the shaft in the bearing is uncertain and varies during a rotation of the shaft. As
no distance sensors were implemented, this made it impossible to precisely determine the horizontal
and vertical eccentricity ratio during the tests. The uncertainty was further increased due to the finite
stiffness of the compliant joint and bearing. The finite stiffness was adjusted for as explained in sub-
section 2.7.3; however, it still introduces an additional uncertainty. Determining when the micrometer
screw started moving the bearing was very difficult (as also explained in section 2.8), as this depends
on the angular position of the shaft due to its eccentricity with respect to its supporting ball bearings (it
was found during the experiments that the position of the shaft with respect to the bearing varied during
a rotation of the shaft). In addition, the mounting of the bearing introduced an uncertainty in the vertical
eccentricity ratio ey, which has been minimized by installing the bearing using gauge blocks. Imper-
fections and tolerances on the edges of the 3D-printed bearing could still affect the vertical eccentricity
ratio and cause it to differ from what is used in the numerical model.

As an uncertainty on both ex and ey is present and both influence the generated pressure and forces
differently, it is difficult to determine whether there exists a combination of both for which the results
match better (within a realistic uncertainty range). The only way to know for sure whether the differences
between model and experiments are mainly influenced by a difference in eccentricity ratio between the
experiments and model is by implementing distance sensors in the setup to accurately measure the
eccentricity.

The uncertainty in both eccentricity ratios can cause the film height profile in the numerical model to
differ from the film height profile in the experimental setup. This means that the pressure profile will
differ and can cause the direction of the force magnitude to be different in the numerical model and the
experiments, while the magnitude could be similar. Therefore, this could be a reason why the magni-
tude of the force vector agrees better with the model than the horizontal and vertical force.

A final note can be made about why the experimental maximum pressure and the forces generated
for ex = 0.94 are much lower than the model. This probably has to do with the fact that the fluid gap
became so small for this measurement that it might even be reduced to zero at some places in the
bearing during a shaft revolution (due to the imperfect alignment and shape of the bearing and shaft).
This could cause the generated pressure to be significantly lower than expected because the lubricant
is pushed out momentarily or locally, and therefore the pressure cannot build up fully. Basically, the
eccentricity ratio became too high to create a reliable film height, as variations in the film height during
operation are too significant (since the minimum film height for ex = 0.94 is only 75um).

The second reason for the significant differences in pressure distribution and load-carrying forces could
be the exact shape of the bearing, which is not a perfect circle with the intended radius. As explained
in subsection 3.1.4, the actual bearing shape was measured and implemented in the model to com-
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pensate for this. However, since the model assumes a constant film height in the axial direction and
the measurements showed a change in radius along the axial direction, this introduced an error with
respect to the experimental setup. Furthermore, misalignment of the shaft and bearing also means that
the film thickness changes in the axial direction. Finally, since the bearing is not a perfect circle, the
normal force to the bearing surface is at a slightly different angle compared to the case where the bear-
ing surface is perfectly circular (which is used to calculate the horizontal and vertical force component
in the numerical model).

Third, the differences in force magnitude could be caused by inaccurate measurements of the load
cells, mainly for the vertical force. Two factors could play a role here. First, a source of error could be
the calibration forces. As explained in section 2.7, calibration measurements were performed without
a rotating shaft to determine the forces in the load cells due to internal stresses, bearing weight and
the force exerted by the deformed leaf springs. A small change in conditions between calibration and
testing (e.g. slightly different eccentricity ratio or slightly different internal stresses due to vibrations
or touching of the setup) could influence the accuracy of the calibration forces. This effect was also
observed as the calibration forces between different measurements differed, especially for the vertical
load cells, while these should ideally be identical. Second, the friction force at the micrometer screw,
which takes up part of the vertical force, could be a source of error on the measured vertical force.
Any friction force present here decreases the vertical force measured. Due to the introduction of the
compliant joint, this friction force was shown to only take up a small portion, only around ~ 1%, of the
vertical load (see Appendix B).

Fourth, the implementation of the load-carrying forces due to the shear force could be incorrect. As
explained in subsection 3.1.5, the resulting forces due to the shear force were found to differ on the shaft
and bearing side. The difference was assumed to be due to a geometry term which was not correctly
implemented and therefore the forces calculated at the shaft side were used (as this is assumed to
be the 'flat’ surface in the model). More research is needed to find out whether the implementation is
indeed correct now and if the difference is indeed only due to a geometry term in the calculation on the
bearing side. Again, the differences between the experimental and numerical results are larger than
the impact the shear force can have on the load-carrying forces, so it is not assumed to be the main
reason for the differences.

Finally, the difference in pressure distribution (and thus also in force magnitude) could be influenced
by the pressure tubes and mainly the tube inlets. The tube inlets have a diameter of 5mm, which is
relatively large in the 40mm wide bearing (especially since 10 inlets are placed on a circumferential
length of TRp ~ 82.5mm). The inlets are placed on the center line of the bearing, where the pressure
buildup is largest. These inlets are modeled as if the film height was very large at the inlet locations,
causing the pressure to be constant at the inlets. This should be a good approximation, but could
cause a difference between the model and reality. The weight of the lubricant present in the pressure
tubes could also have a large influence on the vertical force measured. As explained in section 2.7,
the weight of the lubricant in the pressure tubes was obtained using the measured height of the fluid
columns. The weight was then added to the vertical force measured as it counteracts the hydrodynamic
force generated. This implementation slightly underestimates the actual weight of the lubricant in the
pressure tubes, because the pressure could only be measured once the fluid column rose above the
measurement threshold (see Figure 4.2). The weight of the lubricant in the tubes with a pressure below
the minimum measurable pressure was therefore neglected. This factor could explain in part why the
experimentally measured vertical force is lower than the numerical vertical force. However, even if it
was assumed that all tubes would at least be filled to the measurement threshold (which is a large
overestimation as some tubes were basically empty for all eccentricity ratios), it would still account for
only ~ 0.034N, which is less than the difference between the numerical and experimental vertical force.

In conclusion, it is most likely that the differences in pressure buildup and load-carrying forces are due
to a combination of the uncertainty in eccentricity, tolerances of the bearing and shaft, modeling of the
pressure tubes (and associated weight of the fluid in the pressure tubes) and misalignment of the shaft
and bearing causing oscillations in film height during shaft revolutions.

Friction force
The numerical friction force increases with an increasing eccentricity ratio, which is as expected as the
pressure builds up, causing a larger pressure gradient, which is proportional to the shear stress (see
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also Equation 3.10). The experimental friction force has a large spread between measurements, but
decreases slightly with increasing eccentricity ratio, which is not expected. The order of magnitude of
the experimental friction force is comparable to that of the numerical model, indicating that it is in the
correct range, although the difference between the model and the mean of the experimental measure-
ments is still in the order of -115% to 49% (the spread on the individual experimental measurements is
so large that the numerical friction force falls into the measurement range for ex = 0.63-0.0.82).

The uncertainties as discussed for the load-carrying forces (such as uncertainty on the eccentricity ratio,
tolerances of the bearing and misalignment of bearing and shaft) are also valid here. Some additional
causes for the difference in magnitude and trend of the friction force can be identified.

First, the friction force is calculated on the basis of the difference in measured force between the two
vertical load cells. The step size in vertical force measured is +0.0087N due to the 12-bit data acqui-
sition device (see subsection 2.4.3). This results in a step size of the friction force of +£0.03N, while
the measured friction force ranges from -0.05 to 0.15N. This is a very significant step size and explains
the large spread in the experimental results. Furthermore, this also explains why it is impossible with
the current setup to measure the increase in friction force for increasing eccentricity ratio. Using a data
acquisition device with more bits might solve this issue, although the amount of noise and oscillations
in the vertical force is larger than the magnitude of the step size (due to vibrations and eccentricity oscil-
lations during shaft revolutions) and might therefore still not provide a much more accurate measured
friction force.

Other reasons for the measured friction force to decrease for an increasing eccentricity ratio are the
frictional force at the compliant joint or misalignment of the horizontally applied force. Although the
compliant joint minimizes the friction force, some friction will still be present, which opposes the moment
exerted on the bearing. This means that the moment (and thus friction force) as measured by the
vertical force sensors is smaller than the actual moment exerted. Moreover, if the horizontal force is
not applied perfectly in line with the bottom of the bearing, a moment will be exerted (see Equation 2.4,
a misalignment means that ’c’ is not equal to zero). As the horizontal force is generally larger than the
vertical force, a small misalignment could already have a significant effect on the determined friction
force. The horizontal force and thus also the friction at the compliant joint increase with an increasing
eccentricity ratio. Therefore, the decrease (and error) in the measured friction force due to these effects
will increase with increasing eccentricity ratio.

Finally, compensation for the weight of the lubricant is also done using some non-perfect assumptions.
As explained in section 2.5, the moment due to the weight of the fluid in the pressure tubes is imple-
mented using the volume of the internal tubes and the measured height of the fluid column. This does
not take into account the weight of the lubricant in the pressure tubes where the fluid did not rise above
the measurement threshold (see Figure 4.2). This is the case for the tubes on the left side of the
bearing (pressure is lowest there), meaning the friction is, in reality, a bit larger (if this fluid weight was
correctly taken into account). In the extreme case where it is assumed that all tubes would at least be
filled to the measurement threshold, the measured friction force would be increased by at most 0.03N.
This could explain a large portion of the differences between the experimental and numerical results,
especially for the larger eccentricity ratios where the measured friction force decreased. It would also
be logical that this simplification has the most effect on measurements with high eccentricity ratios,
because more "neglected” fluid is present in the pressure tubes on the left side of the bearing due to
the larger pressure. It must be noted that this effect cannot explain the entire difference between the
experimental and numerical results, since the difference for the three largest eccentricity ratios is larger
than 0.03N.

In conclusion, the current setup can approximate the order of magnitude of the friction force but is not
accurate enough to determine it accurately and measure the difference in friction force due to a change
in the eccentricity ratio (for the current operating conditions).

Stribeck curve

Both the numerical and experimental Stribeck curves show an increase in the friction coefficient for
decreasing force magnitude. This is expected as a smaller force magnitude is caused by a lower
eccentricity ratio, and the force magnitude decreases stronger with decreasing eccentricity ratio than
the friction force.
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The large spread on the experimental friction coefficients is mainly caused by the friction force measure-
ments. When comparing the experimental and numerical results, both curves have a similar shape and
order of magnitude. The friction coefficient is lower for the experimental model (except for the two low-
est force magnitudes), which is caused by the lower friction force and the slightly larger force magnitude.
The causes of the differences have all been discussed in the discussion of the forces above. Although
differences are significant, the general trend of the Stribeck curve is well captured in the experimental
results.

4.2. MR fluid lubrication

In this section the experimental and numerical results of the hydrodynamic journal bearing lubricated
with MR fluid will be presented and discussed. First, the results are presented in subsection 4.2.1.
Then, the results and the differences between the experimental and numerical results are discussed in
subsection 4.2.2.

4.2.1. Results

In contrast to the results with hydraulic oil as lubricant, the results with MR fluid as lubricant are not
normalized for temperature. The reason is that the effect of temperature on viscosity strongly varies
with the magnetic field strength and the shear rate (see Figure 2.11c and Figure 2.11d). Therefore, it
is impossible to compensate the different experimental measurements for temperature with a simple
factor or ratio. As the tests are performed on multiple days, the temperature spread between different
tests is in the order of a few degrees Celsius. As this cannot be easily compensated for, a greater
spread in the experimental results is expected. Furthermore, because of the heat produced by the
electromagnet, the temperature of the MR fluid also increased during experiments when the magnetic
field strength was increased. The mean and spread of the temperatures of the MR fluid in the oil pan, of
the MR fluid near the magnet and of the magnet itself for the three tests performed for different values
of Ioy are given in Table 4.3. As temperature effects are not included in the model and thus only one
temperature can be chosen for which the model is solved, the average temperature of the oil near the
magnet is used for each value of I.,;. This means that for I.,; = 0-0.4A the viscosity at a temperature
of 23°C is used, for I, = 0.8A the viscosity at a temperature of 25°C and for I, = 1.2A the viscosity
at a temperature of 30°C. These temperatures are chosen instead of the temperature of the MR fluid
in the oil pan, as this is the temperature close to the maximum pressure in the fluid film and therefore,
more critical to the pressure and forces generated.

I.oi [A] Average tempera- Average temperature of Average temper-
ture of lubricant in lubricant near magnet ature of magnet

oil pan (range) [°C] (range) [°C] (range)[°C]
0 23 (20-25) 23 (20-25) 23 (20-25)
0.4 23 (20-25) 23 (20-25) 23 (21-26)
0.8 23 (21-26) 25 (23-28) 29 (27-32)
1.2 25 (23-27) 30 (26-32) 40 (39-42)

Table 4.3: Temperature of the oil, oil near the magnet and magnet during experiments

Pressure

The experimental and numerical results of the pressure distribution for different eccentricity ratios and
applied currents are shown in Figure 4.7. The results are grouped by eccentricity ratio to increase the
readability of the plots. Again, the minimum measurable pressure is shown, but this is now slightly
higher as a result of the larger density of the MR fluid compared to the hydraulic oil. Experimental data
points below the minimum measurable pressure are omitted as was also done in the pressure plots
for hydraulic oil lubrication. The repeatability of the experiments is slightly worse than for the tests
with hydraulic oil; however, this was expected as these results are not compensated for temperature
differences between measurements. In Appendix G the numerical and experimental pressure distribu-
tions have been plotted per eccentricity ratio and applied current in separate graphs, to improve the
readability of the graphs and be able to compare the results in more detail.
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Figure 4.7: Experimental and numerical results of the pressure distribution at the center line of the bearing with
MR fluid lubricant for different eccentricity ratios and values of applied current.
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Similarly to the results with the hydrodynamic oil, the pressure increases for increasing eccentricity ratio,
where the relative increase (between subsequent eccentricity ratios) is larger for a larger eccentricity
ratio. This is observed for both the experimental and numerical results. Furthermore, the numerical
pressure distribution is larger than the experimental one and the increase in numerical pressure due to
an increase in applied current is also larger (meaning the difference between numerical and experimen-
tal results increases for increasing applied current). For ex = 0.63, 0.70, 0.78 and 0.86 the numerical
and experimental pressure distributions are relatively comparable in magnitude while for ex = 0.94
the numerical pressure distribution is significantly larger. Moreover, note that the pressure decreases
towards the most right measurement point for ex = 0.63, 0.70 and 0.78, which is the case in both
numerical and experimental results, while for ex = 0.86 this is only the case for the numerical results.
Finally, note that for ex = 0.94 the numerical maximum pressure is lower for I,; = 1.2A compared to
I.oi = 0.4 and 0.8A. This is caused by the much higher temperature for I.,; = 1.2A. In the experimental
results this is not really observed, although it must be noted that (as explained in subsection 2.7.2 ) a
decrease in pressure was almost impossible to measure, as a layer of the opaque MR fluid sticks to
the inside of the pressure tube even if the height of the fluid column decreases.

Generated forces

The experimental and numerical results of the horizontal force Fx, vertical force Fy, friction force F
and force magnitude Fp4 plotted versus eccentricity ratio ex are given in Figure 4.8. Figure 4.9 shows
the Stribeck curve, which plots the friction coefficient i versus ﬁg The same procedure to create the
Stribeck curve as explained in subsection 4.1.1 is used. All plots show the results for different values
of applied current. One measurement with ex = 0.70 had large and clear outliers and was therefore
removed from the results.
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Figure 4.8: Experimental and numerical results of the generated forces in the bearing with MR fluid lubricant for
different values of I;.
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Figure 4.9: Experimental and numerical Stribeck curves for MR fluid for a constant speed of w = 50rpm.
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The repeatability of the experiments is slightly worse than for the experiments with hydraulic oil, which
is expected due to the temperature differences between measurements. The spread on the friction
force is again quite large.

Comparing the experimental and numerical results for the load-carrying forces (Fx, Fy and Fip,g) it can
be seen that the general trend is similar, where all are increasing for increasing eccentricity ratio. Fur-
thermore, all of them increase for increasing current applied. However, significant differences between
the experimental and numerical results are also present. First, the numerical model results for all three
forces are larger than the experimental measurements. This difference is largest for the vertical force,
while for the horizontal force the difference is slightly smaller. Secondly, note that the numerical forces
increase more rapidly with increasing eccentricity ratio compared to the experimental results, resulting
in an increase in difference between both results. Especially for the highest eccentricity ratio (ex = 0.94)
the differences become very large. Analyzing the effect of the applied current on the results, it is clear
that in the numerical model the increase in generated forces is much larger than in the experimental
results (although for both the forces do increase with increasing applied current).

Looking at the friction force, a large spread in the experimental results is observed, making it more
difficult to analyze the trend of the results. The numerical friction force increases slightly but steadily
with increasing eccentricity ratio while the experimental friction force remains approximately constant for
ex = 0.63-0.86 and increases for ex = 0.94. Especially for I,y = 0 and 0.4A the experimental friction
force increases a lot for ex = 0.94. Both the numerical and experimental results show an increase
in friction force for increasing applied current; however, the increase is greater for the experimental
results compared to the numerical results (in contrast to the results for the load-carrying forces). The
magnitude of the experimental friction force is smaller for I,,; = 0 and 0.4A, while for I,,; = 0.8 and
1.2A the experimental friction force is greater than the numerical one.

The Stribeck curve is again constructed using the force magnitude and the friction force results. For
the numerical results, the friction coefficient increases roughly linearly with increasing ﬁag For the

experimental results, the friction coefficient fluctuates slightly, but increases slightly with increasing

1

T when I,; = 0 and 0.4A (except for the point with the lowest value of ﬁag which corresponds to ex

= 0.94) and increases more strongly with increasing ﬁag for Ioop = 0.8 and 1.2A.

Furthermore, the slope of the Stribeck curves (both numerical and experimental) increases with increas-
ing applied current. The increase in slope is larger for the experimental results. The lower experimental
force magnitude can also be observed in the Stribeck curve. The difference in the friction coefficient
increases for increasing values of applied current, as the numerical Fi,5g increases more with increas-
ing applied current, while the friction force increases less with increasing applied current compared to
the experimental results.

4.2.2. Discussion

The observed agreement between the numerical and experimental results is worse than for the results
with hydraulic oil as lubricant. The differences in generated forces and maximum pressure are given
as a percentage of the numerical results in Table 4.4. It can be quickly observed that the generated
load-carrying forces and the maximum pressure are larger for the numerical results as compared to the
experimental results. For the friction force, it is clear that for increasing applied current, the experimental
friction force increases much more. The discussion of the causes of the differences in the results with
oil as lubricant in subsection 4.1.2 is still valid; therefore, only additional effects (due to the usage of
MR fluid) are discussed.
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Table 4.4: Difference between the numerical and experimental results as percentage of numerical results for MR
fluid lubrication. A positive value means that the experimental result is larger than the numerical result.

Maximum pressure

Let us first look at the differences in maximum pressure. Where for the results with oil as lubricant, the
experimental maximum pressure was mostly larger than the model, it is now smaller. One potential
reason may be the high viscosity of the MR fluid. Due to the high viscosity, it took a lot of time for
the MR fluid to reach equilibrium in the pressure tubes. Equilibrium was assumed as soon as the fluid
did not increase more than 1mm in ten minutes of continuous operation. This does not guarantee that
full equilibrium is reached, so it might be that the measured pressure is slightly lower than the actual
pressure. The fluid column is not expected to rise much higher, as tests were performed in which the
setup was operated continuously for significantly more time and no measurable change was observed.
However, to be absolutely sure, the setup could be operated continuously for e.g. a day to see whether
the fluid column height increases significantly (however, temperature would need to remain constant
to not influence the pressure buildup as well). Moreover, when a magnetic field is present the MR fluid
has a yield stress. As the shear rate is very small inside the pressure tubes, it could be possible that
the yield stress is not fully overcome and that part of the pressure difference is taken up by friction
between the fluid and the pressure tubes. The impact of both of these effects also increases with
applied current (larger applied current means higher viscosity and yield stress), which explains why the
differences become larger with increasing applied current.

Load-carrying forces

The numerical horizontal force, vertical force and force magnitude are, for the tests with MR fluid, all
larger than the experimentally determined forces, where for the test with hydraulic oil the results for the
horizontal force and force magnitude matched quite well. The vertical force has similar (or somewhat
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larger) relative differences in magnitude compared to the results for hydraulic oil. The absolute differ-
ences are larger than the differences found in the tests with hydraulic oil, which is expected because
of the higher viscosity of the MR fluid. The higher viscosity causes a small difference in e.g. film height
to have a larger effect on the generated pressure and forces (since these scale linearly with viscosity).

The difference in vertical force could be larger because the neglected weight of the lubricant in the
pressure tubes where the fluid did not reach the measurement threshold (see Figure 4.2) is much
larger since the density of the MR fluid is higher. However, this was not found to be the case as only
for the first 3 or 4 pressure tubes the MR fluid did not reach above the measurement threshold, where
for the experiments with oil this was the case for 5-6 tubes due to the lower viscosity. Again, even
assuming that all tubes would be filled at least to the measurement threshold (a large overestimation),
it would account for only ~0.038N, which is significantly less than the difference between the numerical
and experimental vertical force.

Another reason for the larger differences could be the accuracy of the numerical model. The MR fluid
is strongly shear-thinning, especially at low shear rates as encountered with the operating conditions
in the experiments (encountered shear rates are in the range of 10-2500s~1). The numerical model
uses the shear rate in the middle of the fluid film to determine the viscosity of the MR fluid, not taking
into account the variation in shear rate and thus viscosity over the film thickness. The shear rate over
the film thickness is both larger and smaller compared to the shear rate in the middle, so the exact
effect of this assumption is difficult to determine. It could definitely cause a significant difference in the
generated forces (since viscosity directly influences the generated pressure). Implementation of the
generalized Reynolds equation is needed to determine the effect of this simplification.

Lastly, the increase in the differences between the numerical and experimental results for increasing
applied current has to be discussed. The difference in generated pressure and forces due to an applied
magnetic field in the experimental results is much smaller compared to the numerical increase. The
biggest reason for this is probably the effect of temperature. The electromagnet gets very hot when a
currentis applied, increasing the temperature of the lubricant. The lubricant temperature was measured
and implemented in the model; however, the temperature could not be measured inside the bearing.
It may be possible that the temperature in the film inside the bearing is higher than the temperature
measured on the side of the bearing, resulting in a smaller increase in the generated pressure and
forces than modeled.

Note that again the differences are largest for ex = 0.94, but as explained in the discussion of the
results with hydraulic oil as lubricant, the very small film height in combination with the tolerances and
alignment of the setup plays a significant effect for these measurements. Therefore, a discussion of
the differences for these results is of less interest.

Friction force

The final measured force that needs to be discussed is the friction force. The experimental friction
force is smaller for I,,; = 0 and 0.4A than the numerical friction force, but increases more strongly
with increasing applied current. The magnitude of the effect of the neglected weight of the lubricant
in some pressure tubes can also be estimated again. By assuming the extreme case where all tubes
would be filled at least to the top of the bearing (the measurement threshold), the measured friction
force would increase by at most 0.034N. This is smaller than the differences between the numerical
and experimental friction force and would cause the difference to be even larger for I.,; = 0.8 and 1.2A.
Therefore, an additional reason must be found to explain the larger increase in experimental friction
force with increasing applied current compared to the numerical friction force.

An additional factor influencing mainly the friction force results for large applied currents is the cali-
bration measurements. Due to the generated magnetic field the electromagnet (and thus bearing) is
pulled towards the shaft. As the electromagnet is located on the right side of the bearing and the shaft
has an eccentricity towards the right during experiments, this causes a positive moment on the force
sensors. This should be corrected for by the calibration measurements; however, small differences
in the magnetic field strength (and thus force) between the reference measurements and the actual
measurements could quickly have a significant effect on the measured friction force. A small increase
in force causes a significant increase in the measured friction force, while it is less significant on the
(much larger) horizontal and vertical forces. A potential reason for the magnetic force to be slightly



50 Chapter 4. Results and discussion

higher during operation is the presence of MR fluid between the bearing and shaft (during calibration
measurements the shaft is stationary and thus no lubricant is present between the bearing and shaft).
The MR fluid used should have a relative magnetic permeability close to, but slightly above, 1 as ex-
plained in subsection 3.2.2. As its slightly above 1, it means that it slightly increases the magnetic field
strength and thus potentially increases the magnetic force between the electromagnet and shaft. This
increase scales with applied current and could thus cause an additional increase in the measured fric-
tion force with increasing applied current (next to the expected increase due to the increase in viscosity
of the MR fluid).

Lastly, the assumption of neglecting the variation in shear rate and thus viscosity across the film height
could potentially affect the friction force results more significantly than the load-carrying forces. The
effect of this assumption could also be more significant for increasing applied current, as the shear rate
profile is also influenced by the magnetic field.

Stribeck

Upon analysis of the Stribeck curve, quite large differences can be seen between the numerical and
experimental curves. Interesting to note is that although the differences are relatively large, the general
trend of larger maximum force magnitude (larger maximum load capacity), higher friction coefficient and
steeper slope for increased applied current is present for both numerical and experimental results. The

experimental friction coefficient decreases for increasing - from the most left data point for I.,; = 0

Fina
and 0.4A, which is not expected. However, this data point cérresponds to ex = 0.94, for which mainly
the friction force increased significantly (compared to the other eccentricity ratios). As explained before,
the differences for e x = 0.94 were generally much larger compared to the other eccentricity ratios tested
for as the film thickness is too small for the tolerances of the setup (the bearing and shaft might even
come into contact during operation). Therefore, these experimental results cannot be easily compared

with the results for other eccentricity ratios and the numerical model.

4.3. Visual results and demonstrator performance

Part of the second sub-objective was to create a visual demonstrator setup, where the effect of a
magnetic field on the pressure distribution in a hydrodynamic journal bearing would be made visual.
Pictures of the pressure distribution with an applied current of 0 and 1.2A and for two different eccen-
tricity ratios are shown in Figure 4.10. Clearly, a large increase in the height of the fluid columns (which
represents the pressure) can be seen when comparing ex = 0.78 and 0.94, with the largest increases
in the tubes on the right. A (small) increase in the height of the fluid columns can be seen in all tubes
when comparing for I.,; = 0 and 1.2A, where the largest increase is for the second and third tubes from
the right. This shows that the setup does perform as a demonstrator which is able to show the effect
of the eccentricity and magnetic field on the pressure; however, the performance is far from ideal.

First, because of the high viscosity of the MR fluid, the fluid flows very slowly into the tubes and it
takes around an hour for the fluid to reach equilibrium. Once the magnetic field is increased it takes
around 30 minutes to reach equilibrium again, during which the fluid column rises slowly but steadily.
As the fluid rises so slowly, it is hard to see the increase by just looking at the setup and only when
measuring the fluid column height the difference becomes obvious. A possible improvement would be
to use diluted MR fluid with a lower viscosity so that it flows better in the tubes; however, this would
also impact the magnetorheological effect. Diluting the fluid also decreases the yield stress of the MR
fluid (under applied magnetic field) making it easier for the fluid to flow when a current is applied to
the electromagnet. Another option would be to increase the tube diameter; however, due to space
constraints, not much increase is possible. Increasing the applied current (and thus the magnetic
field strength) would increase the change in column height as well; however, it would also raise the
temperature even further, which is directly the second limitation of the setup.

As the temperature cannot be controlled and the electromagnet heats up quite significantly with in-
creasing applied current, the temperature of the oil increases for increasing magnetic field strength. As
shown in section 2.6 the viscosity of the MR fluid decreases with increasing temperature, which means
the increase in viscosity (and thus pressure) due to the increase in magnetic field is counteracted by
the decrease in viscosity (and thus pressure) due to the increase in temperature.
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Figure 4.10: Visual comparison of the pressure distribution at ex = 0.78 and ex = 0.94 for I,; = 0 and 1.2A with
MR fluid lubricant. Green, red and blue lines are used as reference for the fluid column height.

4.4. Performance in relation to research objective

The research objective of this thesis was to increase the maximum load capacity for a specified mini-
mum film thickness while not increasing the friction coefficient in the hydrodynamic lubrication regime.
The hypothesis was that this is possible by changing the magnetic field strength and thus the viscosity
of the MR fluid based on operating conditions such that an optimal Stribeck curve could be created.

Using the experimental results, the improved Stribeck curve can be shown by changing the applied
magnetic field. In Figure 4.11, the experimentally determined Stribeck curves for different values of I,
are again shown with the minimum film thickness set at 0.075mm (e x = 0.94), together with the "optimal”
Stribeck curve represented by the black line. Normally, when a lubricant is chosen, the designer is stuck
with one Stribeck curve. However, using electromagnets and MR fluid, we can change the Stribeck
curve during operation by changing the magnetic field strength. This means that an optimum selection
of Stribeck curves can be made for different values of I,;. By increasing the applied current, the
Stribeck curve is moved to the left, meaning a larger maximum load capacity at the cost of higher
friction coefficient as the slope of the Stribeck curve increases. However, as soon as the applied
load Finag on the bearing is sufficiently decreased (or equivalently, the operating velocity is increased
for a constant applied load), the applied current could be decreased to transition to the next Stribeck
curve, decreasing the friction coefficient. This "ideal” Stribeck curve is displayed with the solid black
line. However, because the experimental results were not perfect and tests were performed only for
discrete values of applied current, the Stribeck curve shown is far from the optimal Stribeck curve that
could potentially be achieved using MR fluid and electromagnets.
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Figure 4.11: Experimental optimal Stribeck curve when I, is varied from 0 to 1.2A in steps of 0.4A.

Numerically, we can easily demonstrate how the research objective can be reached even better. In
Figure 4.12 the Stribeck curves for different values of I.,; have been plotted. All Stribeck curves have
been plotted for the same eccentricity ratio range (ex = 0.6 - 0.94), which means that the maximum load
capacity is determined by a minimum set film thickness (which in a real implementation would be slightly
above the film height where the bearing moves from mixed lubrication to hydrodynamic lubrication).
Again, the optimal Stribeck curve for these discrete values of applied current is displayed by the solid
black line. However, if we would allow for continuous values of applied current, we could create an
infinite number of Stribeck curves resulting in approximately the dashed black line. Where with a normal
lubricant a compromise needs to be made between maximum load capacity and performance at lower
load capacity (or equivalently for a constant load: a compromise between a lower lift-off speed, the
speed for which hydrodynamic lubrication occurs, and low friction coefficient at high operating velocity),
MR fluid excited with electromagnet(s) can achieve both. Having the dashed black line as the Stribeck
curve means that the bearing can be operated at a very low friction coefficient for small applied load
while a higher load capacity can be reached by increasing the applied current.
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Figure 4.12: Numerical optimal Stribeck curve when I.,; is changed in small steps.



Conclusion

5.1. Conclusions

The objective of this thesis was to create a numerical model and experimental demonstrator setup
to investigate the friction coefficient and load capacity of a hydrodynamic journal bearing lubricated
with MR fluid for different magnetic field strengths. The goal of this model and setup was to fulfill the
research objective, which was:

Increase the maximum load capacity of a hydrodynamic half journal bearing for a specified min-
imum film thickness, while not increasing the friction in the hydrodynamic lubrication regime
using MR fluid and electromagnets.

This section summarizes the most important conclusions of this research.

+ It has been shown that a relatively simple demonstrator setup can be produced which can visu-
ally show the pressure distribution in a hydrodynamic journal bearing and the effect of an applied
magnetic field on the pressure distribution. The setup can be used for educational purposes as
its simplicity allows for simple tests resulting in both qualitative (visual) and quantitative (gener-
ated forces and calculated pressure) results related to magnetorheological lubrication of a hy-
drodynamic journal bearing. However, due to slow experiments and relatively large differences
between the experimental and numerical results, the performance should be improved.

* The fluid flow in a hydrodynamic journal bearing lubricated with MR fluid and controlled using
electromagnet(s) can be modelled using the two dimensional Reynolds equation and a magnetic
field model to simulate the generated magnetic field; however, significant differences are present
between experimental and numerical results. Further improvements of the test setup are needed
to investigate whether the generalized Reynolds equation needs to implemented to improve the
accuracy of the model, whether the experimental results do not accurately represent the hydro-
dynamic forces generated in the bearing or whether the model is not an accurate representation
of the experimental setup (for example due to inaccuracies in the experimental setup which are
not implemented in the model).

The current experimental setup cannot accurately determine the generated forces (especially the
friction force) and also finds a very large increase in friction force with increasing magnetic field
strength while the increase in load-carrying forces is small compared to the numerical model.

» The force magnitude (load-carrying capacity) of a hydrodynamic half journal bearing can be in-
creased by applying a magnetic field to the MR fluid at the cost of an increase in friction force.

* Is has been proven both numerically and experimentally that semi-active control of a hydrody-
namic journal bearing lubricated with magnetorheological fluid can increase the maximum load
capacity while not increasing the friction coefficient in the hydrodynamic regime (when compared
to the MR fluid without application of a magnetic field).

The optimal Stribeck curve by means of semi-active control of the hydrodynamic journal bearing
has been identified both numerically and experimentally, and with this the potential of this technol-
ogy has been shown. However, the experimental setup needs to be improved to more accurately
show the potential of this technology.

53
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5.2. Recommendations for further research

The force results are somewhat comparable between the model and the experiments, but significant
differences are still present. Several causes for these differences have been identified and potential
improvements to the setup and model will be proposed here. The purpose of the test setup was to be
simple and not as complex as the setups used in most of the literature. Furthermore, the setup should
be able to serve as a demonstrator which can be used for educational purposes. Keeping that in mind,
some improvements that could be made without significantly increasing complexity are as follows.

* Improve bearing tolerances. The tolerances of the 3D printed bearing turned out to be worse
than expected. Two 2D scans of the bearing were used to compensate for this in the numerical
model, but having better tolerances would decrease the uncertainty on the parameters. Using
different printer settings and different post-processing steps, the tolerances could be improved.
The best way to do this would be to post-process the bearing with a CNC machine. By CNC
machining the bearing surface after 3D printing, a more smooth and circular bearing could be
created.

* Implement capacitive distance sensors. One of the main causes of the differences between
the model and the experiments is believed to be the uncertainty on the eccentricity ratio in the
horizontal and vertical directions. By implementing capacitive distance sensors, the bearing ec-
centricity could be accurately measured and implemented in the model.

» Experiments with diluted or different MR fluids. Diluting the MR fluid results in a decrease in
viscosity and therefore in a reduction in the restriction of lubricant flow into the pressure tubes.
This would significantly improve the time it takes for the lubricant to reach equilibrium in the pres-
sure tubes, improving the demonstration capabilities of the setup. However, diluting occurs at the
cost of a decrease in the magnetorheological effect, decreasing the pressure increase because
of a magnetic field. Another advantage of diluting the MR fluid is that the fluid would potentially
become less shear-thinning. This would probably make the model more accurate, as the model
currently uses the non-generalized Reynolds equation (which does not take variation in shear
rate into account across the film thickness). Investigating different MR fluids (different carrier
fluid, particle size, adjectives, etc.) is also possible to improve setup performance or investigate
the differences in bearing performance for different fluids.

* Temperature control. Improvements to perform experiments at a more constant temperature
can be made in two ways. First, experiments should be performed in a laboratory with a more
constant temperature such that the operating conditions between subsequent measurements are
more comparable (in the current experiments a temperature difference of ~ 5°C was observed
purely due to changes in room temperature). This would ensure that the experiments are more
repeatable and do not have to be adjusted for temperature. Secondly, some sort of cooling of the
electromagnet would be beneficial as limiting the temperature increase of the MR fluid due to the
electromagnet would ensure a larger change in generated pressure. This could be done using a
heat sink or additional airflow by means of a small fan.

* More clear bearing material. Currently, the bearing was produced using stereolithography 3D
printing with clear resin. The bearing turned out partially transparent, making it possible to see the
lubricant in the pressure tubes but impossible to accurately see how far the pressure tubes were
filled. By producing the bearing from a more transparent material, it would be possible to also
measure the fluid height inside the bearing, making sure that the pressure can also be determined
when the fluid does not reach above the bearing (measurement threshold). Consequently, the
fluid weight could be more accurately implemented in calculating the vertical force and friction
force, as the fluid column height would be known for all pressure tubes (and not just for the tubes
where the fluid protrudes above the measurement threshold).

+ Data acquisition device with more bits. Due to the 12 bit data acquisition device, the minimum
step size in the friction force was ~0.03 N. This is quite large, because the change in friction force
with increasing eccentricity ratio is generally much smaller. Using a 32-bit data acquisition device
would allow for measuring changes in friction force in the order of magnitude of 10~8N; however,
this would only work if the noise and oscillations are also greatly reduced e.g. by improving the
bearing tolerances and alignment of the setup.
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* Apply a constant weight instead of prescribing the eccentricity. This would require quite
large changes to the current setup; however, this would still result in a relatively simple demon-
strator setup. A schematic drawing of this setup is shown in Figure 5.1. The bearing would be put
on top of the shaft and a (small) weight would be connected to it via a support frame. The mass
would be placed such that the bearing is balanced and stays horizontal when the shaft is station-
ary. Capacitive distance sensors would be needed to measure the eccentricity, as the eccentricity
is not prescribed anymore. An advantage of such a setup would be that the friction force (and
increase in friction force) is made visual as the setup would rotate due to the friction force and the
rotational angle is a measure for the magnitude of the friction force. A higher friction force would
result in a larger bearing rotation. Another advantage is that potentially even the lift-off speed
(transition speed from boundary lubrication to full-film lubrication) can be determined, although
this might be difficult depending on the bearing tolerances. Also, this setup is slightly more rep-
resentative for how hydrodynamic bearings are usually loaded (a purely vertical load is applied,
instead of prescribing the eccentricity of the shaft). The disadvantage of this type of setup is the
need for capacitive distance sensors (to measure the eccentricity). Another disadvantage is that
the weight of the entire setup needs to be quite small (or the generated pressure needs to be
large, but this is again limited by the length of the pressure tubes, maximum motor velocity and
tolerances of the bearing) as the hydrodynamic vertical force needs to exceed the bearing setup
weight, otherwise full film lubrication would not occur. Furthermore, the weight of the lubricant in
the pressure tubes would again influence the friction force measurements and would still need to
be accounted for. Also, it might be difficult to ensure the bearing would not move in axial direction,
as it is not constrained.

oy @
ho

Figure 5.1: Schematic drawing of an experimental setup where a constant load is applied. 1 - Shaft, 2 - Bearing,
3 - Weight, 4 - Support frame of the weight (3).

In the numerical model, some improvements can also be made:

* Implement the generalized Reynolds equation. By implementing the generalized Reynolds
equation, the variations in fluid properties across the film can be taken into account [15]. This is
primarily important to take into account as the MR fluid is strongly shear-thinning and therefore
the viscosity changes strongly across the film thickness due to the changing shear rate. In the
current model, the viscosity is assumed to be constant across the film thickness based on the
shear rate in the middle of the film, which is quite a large simplification. By also implementing a
viscoplastic rheological model (e.g. one of the models given in Appendix D), the viscosity of the
MR fluid as function of shear rate can be efficiently implemented.

* Implement a temperature model. The temperature of the lubricant changed strongly as a result
of the implementation of the electromagnet. The temperature was measured close to the elec-
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tromagnet at the side of the bearing using a thermocouple and this temperature was used when
determining the viscosity of the lubricant. In reality, the temperature changes throughout the film,
which can be taken into account by creating a temperature model that solves an energy equa-
tion. An additional advantage of modeling the temperature is that the increase in temperature
due to the electromagnet can be modeled so that the temperature increase can also be predicted
instead of only being compensated for after the experiments are performed.

In addition to improvements in the experimental setup and numerical model, the research performed
with the current setup could also be extended.

Perform tests with a bearing without pressure tubes. This removes uncertainty in modeling
the pressure tubes but more importantly removes the uncertainty in the effect of the weight of the
lubricant in the pressure tubes on the force measurements and calculation of the friction force.
Furthermore, it makes testing significantly faster because it is not necessary to wait the long period
of time for the lubricant to reach equilibrium in the pressure tubes. However, it does remove the
visual pressure results, meaning that the setup cannot serve as a visual demonstrator anymore.
To still be able to measure the pressure distribution, pressure sensors could be implemented.

Compare the MR fluid to a comparable hydraulic oil. The hydraulic oil used in the experiments
had a much lower viscosity compared to the MR fluid in absence of a magnetic field. Therefore,
the comparison between the results with MR fluid as lubricant versus oil is not very relevant.
Using a hydraulic oil with a somewhat comparable viscosity can provide a relevant comparison
that shows the potential of semi-active control of a hydrodynamic bearing lubricated with MR fluid
versus the performance of the bearing lubricated with a standard oil.

Experiments with different electromagnet angles or multiple electromagnets. By changing
the bearing slightly, the electromagnet could be mounted at different angles (locations) or even
multiple electromagnets could be implemented. In this way, the optimal magnetic field distribution
around the bearing can be investigated and determined, where the applied current per individual
electromagnet can also be varied. This could potentially further improve the performance of the
hydrodynamic bearing.

Investigate the implementation of tunable magnets. Tunable magnets are magnets consisting
of a combination of a permanent magnet and a coil, where the magnetic field strength is changed
by momentarily applying a current [21]. The advantage of these is that the power consumption
is not continuous and power only needs to be applied to change the magnetic field strength,
eliminating Joule heating during operation [21]. This reduces the temperature increase of the
fluid (beneficial as the viscosity will be reduced less) and reduces the power consumption of the
electromagnet (improving efficiency). Tunable magnet have, to the knowledge of the author, not
been applied in MR lubricated hydrodynamic bearings to date.

Create a full journal bearing setup. Performing tests on a full journal bearing (instead of a
half journal bearing) is a closer representation of the most actual use cases of a hydrodynamic
bearing; however, this would require significant changes to the current setup as, among others,
a system to supply the lubricant would need to be integrated.
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Leaf springs sizing

As the leaf springs were shortened due to the implementation of the load cells, the stiffness would
increase. To ensure that the horizontal force was of a comparable order of magnitude as for the original
setup, the thickness of the leaf springs was decreased. Based on a Pseudo Rigid-Body Model (PRBM)
of a large-length flexure, the stiffness of the original springs and shortened springs was determined. As
the bearing is supported by four leaf springs, the angle of the leaf springs with respect to the ground
and bearing remains at 90° meaning a fixed-guided boundary condition for the PRBM should be used
(see Figure A.1).

AL L

A A

(o]

Figure A.1: Schematic drawings with parameter definitions for a large-length flexure with a fixed-guided
boundary condition. Taken from [22].

The force needed for a displacement of angle © is given in Equation A.1 [22], where P is the force, K¢
= 2.65, E is the E-modulus of the leaf spring material, I is the moment of inertia of the leaf spring and
1 is the length of the flexure (measured from the edge of the attachment holes, as this is the effective
length that can deform). The relation between linear displacement x (in the direction of force P) and
displacement angle © is given in Equation A.2, where ~ = 0.8517.

4KoEIO
" [2cos®© (A1)
x = sin(0)~l (A.2)
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Appendix A. Leaf springs sizing

By multiplying the calculated force P for a specific linear displacement x by 4 (since there are four leaf
springs) and subsequently dividing by the linear displacement x, the combined stiffness of the four leaf
springs was calculated. The calculated stiffness of the original leaf springs and the new (short) leaf
springs for three different thicknesses is given in Table A.1. A thickness of 0.3mm would result in a
stiffness closest to the stiffness of the original leaf springs. A smaller thickness results in a lower stiff-
ness and thus a smaller horizontal force, which is beneficial as the horizontal force on the vertical load
cells is reduced. However, making the leaf springs too thin results in large vibrations in the system.
More importantly, the horizontal force needs to be larger than the horizontal hydrodynamic force during
experiments, as otherwise the bearing would lose contact with the micrometer screw (and the eccen-
tricity ratio would become unknown). For this reason, leaf springs with a thickness of 0.25mm were
selected, as they provided sufficient stiffness to overcome the hydrodynamic forces encountered during
the experiments while limiting the horizontal force. The stiffness was not experimentally validated as
these calculations were just done to initially design and size the leaf springs and during experiments
the horizontal force due to deformation of the leaf springs was found to be sufficient (larger than the
generated hydrodynamic horizontal force).

Leaf spring [ [mm] Thickness [mm] Stiffness [N/mm]

Original 46.1 0.5 12

New 27.05 0.3 12.9
27.05 0.25 7.5
27.05 0.2 3.8

Table A.1: Stiffness of the leaf spring for different dimensions.



Compliant joint effects

To minimize the friction force at the interface between the micrometer screw and the bearing, two
mitigating methods were attempted: pushing against the bearing by hand during operation and imple-
menting a compliant joint. The effectiveness of both methods and the impact of the finite stiffness of
the compliant joint (and therefore the higher eccentricity as the bearing displacement is smaller than
the micrometer screw displacement) are analyzed in section B.1 and section B.2 respectively.

B.1. Vertical load measurement improvement

To test the performance of the two methods to reduce the friction force at the micrometer screw, a simple
test was performed. A known weight was applied on top of the bearing and removed sequentially.
The difference between the measurements should represent the weight. This was done for several
different horizontal displacements applied using the micrometer screw and for three different situations:
normal - no compliant joint between bearing and micrometer screw, normal with touching - no compliant
joint between bearing and micrometer screw but a small push was given against the bearing after
every change in weight application, compliant - compliant joint between micrometer screw and the
bearing. The weight was added and removed a total of ten times, resulting in ten measurements per
set displacement. The mean error as a percentage of the average weight when the weight was applied
directly to a force sensor (the ’correct’ weight) including the spread of the individual measurements
(indicated by the bars) for each method is shown in Figure B.1.

20 Mean error in weight for different horizontal displacements
T T

I
Il Normal - no touching
15 ENormal - touching |
[ICompliant
415 |
S
= 0.7 .01
12]
©
£
£
5 |
i
10 n
15 ,
20 |
25 I I I I
0 [mm] displacement 0.5 [mm] displacement 1.0 [mm] displacement 1.5 [mm] displacement

Figure B.1: Mean error in measured weight for different horizontal displacements and mitigating measures.

First, it should be noted that an error of 0.5-0.8% is present even for zero displacement. This is probably
due to the fact that some internal forces are generated even without displacement, as the bearing is
over-constrained due to the attachment to the two vertical load cells or due to the fact that the load
cells are not perfectly loaded at their centers. Moreover, the fact that two sensors are used instead of
one can also introduce a larger uncertainty.
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Appendix B. Compliant joint effects

It can be clearly seen that an error of ~ 3% is introduced when no measures are taken and a horizontal
displacement is introduced. Also note that the error is always negative (for the 'normal - no touching’
measurements), meaning the measured mass is lower than the actual weight. This supports the hy-
pothesis that the friction takes up part of the load. The touch mitigation method clearly shows a very
large spread in measured weight, indicating that it does not perform well and actually increases the
friction force introduced at the interface. The introduction of the compliant joint shows that the error is
reduced to 0.1 — 0.7% with a very small spread of the measurements around the mean. This indicates
that the compliant joint effectively decreases the error in measured weight due to friction even for the
relatively large displacement of 1.5mm. It should be kept in mind that an error in the measured force
of ~ 1% can still be expected due to friction at the interface between the micrometer screw and the
compliant joint.

Important to note is that the error in vertical force measured could also be (partly) caused by another
issue in the setup. Due to the horizontal force of the leaf springs, the vertical load cells will be loaded not
only in the pure vertical direction, but also in the horizontal direction. It was attempted to investigate the
effect of the horizontal force on the vertical force measurement; however, it is not easily isolated from
a friction force introduced by introducing a horizontal displacement. Experiments could be designed to
solely determine the effect of friction and the effect of horizontal force on the load cell. However, with
the test described above both effects are captured together, which is the situation that is present in the
experimental setup and is therefore a sufficient measure of the introduced uncertainty or error.

B.2. Stiffness of the compliant joint

The compliant joint introduces uncertainty in the horizontal displacement as prescribed by the microm-
eter screw due to its finite stiffness. A schematic mass-spring system representation of the bearing
supported by the leaf springs and the prescribed displacement by the micrometer screw through the
compliant joint is given in Figure B.2. For a known horizontal force Fj, and displacement xmicrometer, the
displacement of the bearing zpearing N€€ds to be determined.

Fy

Xmicrometer Xbearing
-

~RRQQ|  Bearing

Kcom pliant

Kieaf springs

Figure B.2: Schematic mass-spring system representation of the bearing mounted on leaf springs and the
displacement introduced via the compliant joint.

The change in the length of the spring that represents the compliant joint is equal to dcompliant =
Tmicrometer — Lbearing, While the change in the length of the spring that represents the leaf springs is
equal to djeaf springs = Zpearing- 1he sum of these should be equal to the displacement of the micrometer
SCreW & micrometer, F€sulting in Equation B.1.

Tmicrometer — 5compliant + 5leaf springs (B-1 )

We can replace dcomplaint Y ﬁ’;‘am replace Geaf springs DY Thearing @nd by rearranging we arrive at Equa-
tion B.2.

F

_ B.2
K compliant ( )

Tbearing = Tmicrometer —



B.2. Stiffness of the compliant joint
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Only Kcompiiant 18 unknown and was determined experimentally. During the experiment, the horizon-
tal force F}, and the displacement znmicrometer Were measured with and without the compliant joint for
a displacement of 0 and 1mm. Infinite stiffness of the bearing and load cell was assumed. Us-
ing the measurement without the compliant joint, the stiffness of the leaf springs was calculated as
Kieaf springs = m The equivalent stiffness of the compliant joint and leaf springs mounted in series

was calculated based on the measurement with the comphant Jomt as Keqg = xm,ih;,e,e,' For springs
mounted in series, the equivalent stiffness is calculated as — = %t K , Which can be rearranged to
calculate the stiffness of the compliant joint as in Equation B 3 (W|th K1 K compliant and Ko = Kjeaf springs)-

L (B.3)

K compliant = —1 1
K eq K| leaf springs

The range of displacements (0 to 1Tmm) was chosen so that the horizontal force range was comparable
to the force encountered in the experiments. The stiffness of the compliant joint was found to be equal

to 247N/mm.






Reynolds equation assumptions

Assumption

Comments

Body forces are
neglected

Not fully valid for magnetorheological lubricants as the
external magnetic field exerts a force on the fluid; however,
still generally used as an assumption for MR lubricated
bearings.

Pressure is constant
through the film

Always valid, since the thickness of hydrodynamic films is
in the range of several micrometers. There might be some
exceptions, e.g. with elastic films.

No slip at the
boundaries

Always valid, since the velocity of the oil layer adjacent to
the boundary is the same as that of the boundary.

Lubricant behaves as a
Newtonian fluid

Usually valid, however not for MR lubricants. Models like
Bingham or Hershel-Bulkley can be included in the
generalized Reynolds equation with small adaptations.

Flow is laminar

Usually valid, except for large bearings, e.g. turbines.

Fluid inertia is

Valid for low bearing speeds or high loads. Inertia effects

neglected are included in more exact analyses.
Fluid density is Usually valid for fluids when there is not much thermal
constant expansion. Definitely not valid for gases.

Viscosity is constant
throughout the
generated fluid film

Crude assumption but necessary to simplify the

calculations, although it is not true. Definitely

not true for MR fluids due to dependency on magnetic field.
Change in viscosity due to the magnetic field strength can be
taken into account by the generalized Reynolds equation.

Table C.1: Assumptions of the Reynolds equation. Taken and adapted from [2].
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Viscoplastic rheological models

Rheological model Reference Equation
Bingham plastic [23, 24] T=Ty 0y T[> 7y
Herschel-Bulkley [25] T=1y+n()" 7| > 7y

Casson [26] VT =T +Vvny It >y
Biviscous [27] r={ ™" TsT

Ty Ny T>T1

Y g
Biplastic Bingham  [28] S
Ty+nNYy T>T2
Papanastasiou [29] (%) = ()WL) + 18r(1) Wa (%)

Table D.1: Viscoplastic rheological models for MR fluids. Taken and adapted from [30].
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Figure D.1: Viscoplastic rheological models: (a) biviscous model; (b) biplastic Bingham model; (c) Bingham,
Herschel-Bulkley, and Casson models; (d) Papanastasiou model. Taken from [30].
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Verification of the model

To ensure proper implementation of the equations in COMSOL, verification has been performed using
literature. Both the fluid flow model and the magnetic field model need to be validated. Verification
of the fluid flow model implies verification of the implementation of Equation 3.3 (the Reynolds equa-
tion), which is done in section E.1. Verification of the magnetic field model implies verification of the
implementation of Equation 3.22, Equation 3.23, Equation 3.24 and Equation 3.25, which is done in
section E.2.

E.1. Reynolds equation verification

The Reynolds equation including cavitation algorithm implemented in this thesis is based on the pa-
per of Alakhramsing et al. [14]. In their paper, they compared their method with reference measure-
ment results, which showed good agreement. An important difference between the implementation
of Alakhramsing et al. and the implementation in this thesis is that Alakhramsing et al. used non-
dimensional parameters for numerical robustness. To verify correct implementation of the dimensional
Reynolds equation, the dimensional Reynolds equation was solved and the resulting parameters were

made dimensionless (dimensionless pressure P = % and dimensionless film-height H = ALR) which
were then compared to the results presented by Alakhramsing et al.

Figure E.1 shows a comparison of the implementation of the 2D Reynolds equation from Alakhramsing
et al. [14], including their comparison to literature, and the implementation of this thesis. Figure E.1a
and Figure E.1b show the pressure distribution and Figure E.1c and Figure E.1d show the mass fraction
distribution. Perfect agreement between the figures can be observed, verifying the implementation of
the 2D Reynolds equation.
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Appendix E. Verification of the model
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Figure E.1: Comparison of the 2D Reynolds equation implementation in [14] and this thesis. Pressure on all
boundaries of the domain is set equal to 0. Results for e = 0.6 and plotted aty = 0.2Rp.

As in this thesis not only the pressure is analyzed, but more importantly the load capacity and friction
force, itis important to also verify the implementation of Equation 3.8, Equation 3.9 and Equation 3.18. A
comparison of the dimensionless load capacity (Fnag(AR)?/(nwR% L)) as a function of the eccentricity
ratio and the dimensionless friction coefficient (uRs/AR) as a function of the Sommerfeld number (S, =
uwRSLB%S:/(ermag)) is given in Figure E.2, where the implementation in this thesis is compared to
the results of Gertzos et al. [31]. Gertzos et al. simulate the journal bearing by means of a CFD
simulation with the Half-Sommerfeld boundary condition to take cavitation into account.



E.2. Magnetic field model verification
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(c) Dimensionless friction coefficient. Taken from [31].

Figure E.2: Comparison of the 2D Reynolds equation implementation in [31] and this thesis. Load capacity is
plotted for various values of T in [31], however only the line where Ty = 0 should be used for comparison.
Dimensionless friction coefficient is plotted for several L/D ratios.

The results are very comparable; however, it should be noted that the dimensionless load capacity
found by Gertzos et al. is slightly lower compared to the load capacity found by the implementation of
this thesis. This is due to the fact that the Half-Sommerfeld boundary condition causes a slightly lower
maximum pressure compared to the cavitation algorithm as used in this thesis (when implementing the
Half-Sommerfeld boundary condition in the implementation used in this thesis the results are identical to
the results in Gertzos et al.). The dimensionless friction coefficient is in good agreement, which means
that the friction force calculated by both models also has to be in good agreement. As the results
correspond with literature, it can be concluded that the implementation of the Reynolds equation and
calculation of load capacity and frictional force is done correctly.

E.2. Magnetic field model verification

The electromagnet design was based on the design used in Moles [10]. Therefore, the magnetic field
model could easily be adapted to the exact design used in the thesis of Moles, which could thus be used
as verification for the implementation in this thesis. In Figure E.3 a comparison is given of the magnetic
field strength normal to the film height, inside the fluid film and at the center of the electromagnet.
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Figure E.3: Comparison of magnetic field model implementation in [10] and this thesis. Magnetic field strength
normal to film height within the fluid film at the center of the electromagnet for different values of the current
through the coil.

It can be seen that the general shape of the magnetic field is comparable and also the magnitude is
comparable, although in the implementation of this thesis it is slightly higher (~ 10%). This difference
can be due to small differences in assumptions of the magnetic permeability of the fluid or due to slight
differences in the modeled electromagnet and coil geometry. However, as the differences are not too
large and the difference between the models is a constant factor, it can be assumed that the magnetic
field model is implemented correctly. Furthermore, the magnitude of the magnetic field strength calcu-
lated in this thesis is tuned by determining the magnetic permeability of the materials by comparing the
model results with experimental measurements (see subsection 3.2.2). Therefore, it is made sure that
the magnetic field model will provide an accurate representation of the experimental magnetic field.



Raw data of the results

In this appendix, the ‘raw’ experimental results where the hydraulic oil was used as lubricant are pre-
sented without the adjustment for temperature.

F.1. Pressure
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Figure F.1: Experimental pressure distribution for different eccentricity ratios with hydraulic oil lubricant. Raw
data.
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Appendix F. Raw data of the results
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Figure F.2: Experimental and numerical results of the pressure distribution at the center of the bearing with
hydraulic oil lubricant for different eccentricity ratios. Raw data.



F.2. Generated forces

F.2. Generated forces

NuTgrical and experimental results of the horizontal force versus eccentricity NLulrgerical and experimental results of the vertical force versus eccentricity
16|~ - Fy experimental ] og |- = Fy experimental ]
——F,, numerical ——F,, numerical
= 14f X 4 xas Y ]
~ Z
Mol o S 061
8 ‘ e
S o § 1 g osp
= S
® s 1 = r
g 0.8 ) = 04
o
R o6l | £ o3l
£ 0.6 s .
T oaf . 0.2}
0.2 1 01 1
o \ . . \ . . o . \ . . . \
06 065 07 075 0.8 0.85 0.9 095 06 065 07 075 0.8 085 0.9 095
Eccentricity ratio ex [-] Eccentricity ratio x [-]

(a) Experimental and numerical horizontal force (Fx ) plotted  (b) Experimental and numerical vertical force (Fy ) plotted

versus eccentricity ratio. versus eccentricity ratio.
Numerical and experimental results of the force itude versus icity Néjmerical and experimental results of the friction force versus eccentricity
2 T T T T T T - T T T T T T
18- o Fmag experimental ] 012 - 4~ Experimental| |
E ical 4 —— Numerical
E T 1 mag numerica: ~ 4 0.1
g 14l . % 0.08
L; 12 t 0.06 -
=l o
2 1t S 0o4f
5 =
2 osf S 0.02F
£ k3]
g 0.6 T 0r
LE 0.4 -0.02
0.2 -0.04
0 ! | | ! | | 006
0.6 065 0.7 075 0.8 0.85 0.9 095 0.6 0.65 0.7 075 0.8 085 0.9 095
Eccentricity ratio x [-] Eccentricity ratio ex [-]
(c) Experimental and numerical force magnitude (Fmag) (d) Experimental and numerical Friction force (') plotted
plotted versus eccentricity ratio. versus eccentricity ratio.

Figure F.3: Experimental and numerical results of the generated forces in the bearing with hydraulic oil lubricant.
Raw data.
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Figure F.4: Experimental and numerical Stribeck curve for hydraulic oil for a constant speed of w = 50rpm. Raw
data.






Results MR lubricated bearing

This appendix contains all the plots where the numerical and experimental results of the MR lubricated
bearing are presented.

G.1. Pressure comparison

In this section the numerical and experimental pressure distribution for different eccentricity ratios and
magnetic field strengths is presented.
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Figure G.1: Experimental and numerical pressure distribution for ex = 0.63 with MR fluid lubricant for different
values of applied current.
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Figure G.2: Experimental and numerical pressure distribution for ex = 0.70 with MR fluid lubricant for different
values of applied current.

Fluid pressure in the bearing for €y = 0.78 and Im.

4= 0A

3500
- 4 -~ Experimental
3000 || —— Numerical
Minimum measurable
‘@ 2500 pressure
a,
*
[0}
5 2000 &
7 /
%]
I
& 1500
=
3
i 1000
500
0 10 20 30 40 50 60 70 80 90
Circumferential position on the bearing [mm]
(a) Ioi = 0A
Fluid pressure in the bearing for €y = 0.78 and Ic,JiI =0.8A
3500 .
— * - Experimental
3000 | —— Numerical -
Minimum measurable y
‘@' 2500 pressure /a=
o, YAUS
) A
£ 2000 A
7] //,‘/
1] //
2 V.,
S 1500 Y 4
b} /
5 g
iC 1000 /
y 4
500 £
0 7
0 10 20 30 40 50 60 70 80 90

Circumferential position on the bearing [mm]

(C) ICO,‘/ =0.84

Fluid pressure in the bearing for ey = 0.78 and Icoil =0.4A
3500
- = - Experimental
3000 Numerical
Minimum measurable
‘@ 2500 pressure
a Bl=
[ 4
5 2000 ’
73 4
8 7’
& 1500
kel 4
g
i 1000
500
0
0 10 20 30 40 50 60 70 80 90
Circumferential position on the bearing [mm]
(b) Ioi = 0.4A
Fluid pressure in the bearing for €y = 0.78 and Ic‘JiI =1.2A
3500
- * - Experimental
3000 | —— Numerical
Minimum measurable
—_ — A=)
@ 2500 pressure ’
a, ’
° ’
5 2000 *
7] 7
0 7
o /
S 1500 ¥
o *
5 /
i 1000 &
7
V.
500 e
"

0
0 10 20 30 40 50 60 70 80 90
Circumferential position on the bearing [mm]

(d) ooy = 1.2A

Figure G.3: Experimental and numerical pressure distribution for ex = 0.78 with MR fluid lubricant for different
values of applied current.
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Figure G.4: Experimental and numerical pressure distribution for ex = 0.86 with MR fluid lubricant for different
values of applied current.
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Figure G.5: Experimental and numerical pressure distribution for ex = 0.94 with MR fluid lubricant for different
values of applied current.



86

Appendix G.

Results MR lubricated bearing

G.2. Generated forces comparison
In this section the horizontal force Fx, vertical force Fy-, force magnitude Fi,,g, friction force Fy and
Stribeck curve found experimentally and numerically are compared for each eccentricity ratio and ap-
plied current separately.
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Figure G.6: Experimental and numerical results for horizontal force F'x plotted versus eccentricity ratio with MR
fluid lubricant for different values of I.j.
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Experimental and numerical results of the vertical force versus eccentricity for ImiI =0A
6 T T T T T T
z
>
[
@
Q
S
kel
©
L
=]
9]
>
0 . . . . . .
06 065 07 075 0.8 085 0.9 095
Eccentricity ratio x [-]
(a) Icoi = OA
Experimental and numerical results of the vertical force versus eccentricity for | =0.8A

coil

6

L

IS

Vertical force Fy IN]
N w

075 08 085

Eccentricity ratio 3% [-]

() Zcoi = 0.8A

Experimental and numerical results of the vertical force versus eccentricity for Inuil =04A

6

o

IS

Vertical force Fy IN]
n w

Experimental and numerical results of the vertical force versus eccentricity for |

6

065

0.7

075 0.8 085 0.9 095
Eccentricity ratio €x [-]
(b) Icoil =0.4A

coil

IS

Vertical force Fy [N
~ w

075 0.8 085 0.9

Eccentricity ratio 3% [-]

(d) Zeoi = 1.2A

=1.2A
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Experimental and numerical results of the friction force versus eccentricity forl_, = 0A
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Figure G.10: Experimental and numerical Stribeck curve with MR fluid lubricant for different values of I,,; for a
constant speed of w = 50rpm.
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Literature review

This appendix covers relevant (background) literature used and encountered throughout the thesis.

I.1. Magnetorheological fluids

This section gives a general overview of magnetorheological fluids, the operational modes and the
most important challenges of the use of MR fluids. A quick introduction of smart fluids is given in
subsection |.1 followed by the explanation of the magnetorheological effect in subsection 1.1. Section
2.3 introduces the different operational modes of MR fluids. The structural properties formulating the
rheological properties of MR fluids are discussed in subsection 1.1. Finally, the stability and durability
of MR fluids are discussed in subsection I.1 and subsection I.1 respectively.

1.1.1. Smart fluids

Smart fluids are a type of material of which the properties can (reversibly) change due to an external
stimulus. A smart fluid consists of a carrier liquid in which nanometer- or micrometer-sized particles
are suspended. Many different types of smart fluids exist, of which some interesting ones are magne-
torheological and electrorheological fluids. The main difference between the two is that MR fluids are
excited by an external magnetic field, while ER fluids are excited by an external electric field [4, 32].
ER fluids require thousands of volts and some milliamperes, while for MR fluids ~2 Ampere and 2-24
V are required [33]. Moreover, MR fluids have a much higher yield strength (about a factor 10) and
show better stability in the presence of contaminants [5, 33, 34]. Lastly, another disadvantage of ER
fluids is that they need to be perfectly degassed and pressurized to exclude cavitation, which is less
of an issue for MR fluids [5, 35]. For these reasons, MR fluids appear to be the most interesting smart
fluids for application in hydrodynamic bearings.

1.1.2. Magnetorheological effect

MR fluids were discovered by Jacob Rabinow and the first time they were used was in a magnetorheo-
logical clutch at the US National Bureau of Standards in 1948 [36]. A distinction can be made between
ferrofluids, fluids with nano-scale particles, and MR fluids, containing micron-sized particles (>1 um) [4,
33, 37, 38]. When a magnetic field is applied to an MR fluid, a magnetic dipole is induced in every parti-
cle (as the particles are magnetically multidomain), resulting in strong interaction between the particles
and the formation of structures (mainly chains in the direction of the magnetic field, see Figure I.1). As
the particles are relatively large, the magnetic forces between the particles are dominant and the Brow-
nian motion, induced by thermal forces, is generally negligible. This causes the MR fluid to transfer
from liquid to semi-solid state, i.e. the magnetic particles introduce a yield stress which is dependent
on the magnetic field strength. The apparent viscosity is also increased as a result of the increased
flow resistance caused by the particle chains. In the absence of a magnetic field, the particles lose
their magnetization and the MR fluid returns to the liquid state. The change in rheological properties
of the MR fluid due to the presence of a magnetic field occurs within a few milliseconds. MR fluids are
also shear-thinning, meaning their viscosity decreases for higher shear rates [4, 33, 37-39].

Since the magnetic particles in ferrofluids are magnetically single-domain and much smaller (nano-
scale) the Brownian motion dominates the magnetic interaction between particles, meaning the fer-
rofluid will remain liquid even when a strong magnetic field is applied. The main effect of a magnetic
field on a ferrofluid is the attraction and guidance of the fluid [4, 33]. Ferrofluids have applications in
e.g. seals [40], inertia dampers [41, 42] and planar (pocket) bearings [43—47]. They do not show a sig-
nificant change in rheological properties under the influence of a magnetic field and therefore cannot
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be used as a tunable lubricant within hydrodynamic bearings [11, 48]. Hence, only MR fluids will be
considered and discussed.
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Electromagnet Diction of magnetic
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Figure I.1: The picture on the left shows the random orientation of the particles in the absence of an external
magnetic field (where the fluid behaves like a Newtonian fluid). The picture on the right shows the formed
structures by the particles under the influence of an external magnetic field (where the fluid is in semi-solid state
and has a yield stress). Taken from [49].

1.1.3. Operational modes

Devices using MR fluids can be classified into three different operational modes: valve mode, shear
mode and squeeze mode (see Figure 1.2). All three modes will be briefly discussed below. Important
to note is that combinations of the 3 operational modes are often encountered in devices [33, 39]. The
proposed research will investigate (journal) bearings, which is a combination of both valve mode (due
to the pressure buildup) and shear mode (due to the rotation of the bearing).

Valve mode

This operational mode is applied mainly in shock absorbers and dampers [33]. In valve mode a pressure
difference is present that causes the fluid to flow, which is known as Poiseuille flow. The pressure drop
consists of a pressure drop due to a viscous component (A P,) and a magnetorheological component
(AP,,.) which is proportional to the magnetic field strength, where the total pressure drop is the sum
of the two AP = AP, + AP, [33]. Using an electromagnet the pressure drop in e.g. a damper can
be controlled resulting in a controllable flow restrictor, which is one of the first applications of MR fluids
in the automotive industry [33, 50].

Shear mode

The direct shear mode is mainly used in clutches and brakes. In this mode, we do not look at the
pressure drop but at a shear force due to relative movement of the surfaces. The shear force causes
the fluid to flow and this type of flow is known as Couette flow. The shear force consists of the sum-

MRF Operational modes

(a) Valve mode (b) Shear mode (c) Squeeze mode

Force:
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Pressure
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Force:

Figure 1.2: Basic operational modes for MR fluid devices: (a) valve mode, (b) shear mode and (c) squeeze
mode. Taken from [39].
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mation of a purely viscous component (F,) and a magnetorheological component (F,,,,-) which again is
proportional to the magnetic field strength, where the total shear force is F' = F, + F,,,.. The magne-
torheological component makes the total shear force controllable by means of changing the magnetic
field. Applications are already present in many automotive products [33, 50].

Squeeze mode

Little research has been performed on the squeeze mode. Some applications of this operational mode
are in small-amplitude vibration dampers. The normal movement of the surfaces causes the fluid to
flow as the volume is changed. Despite the limited amount of research performed on this operational
mode, it has been suggested that the achievable yield stress could be ten times higher than in the other
two operational modes [51].

1.1.4. Structural properties
To formulate the rheological behavior of MR fluids, three dimensionless numbers are generally used:
Mason number (Mn), Peclet number (Pe) and lambda ()).

) is defined as the ratio between two magnetic moments in the linear regime with respect to the thermal
energy [39]. The magnetic moment of an isolated particle surrounded by fluid under the influence of
external magnetic field Hy is given as m = 4mrpuopsBaHy, with contrast factor or coupling parameter
3 defined as 3 = ::;2*;-’}, where p¢, u, and p are the relative permeability of the fluid, particle and
vacuum respectively and a the radius of the particle [52]. In strong magnetic fields, the particle mag-
netization saturates and the magnetic moment becomes independent of magnetic field strength. The
magnetic moment is then given as m = %wuoufaSMs, where M, is the saturation magnetization [39].
The magnetic moments of the particles cause them to align with the magnetic field and to aggregate.
The thermal energy however disrupts the formed particle chains. The definition of A is given in Equa-
tion .1 where k is the Boltzmann constant and T is the temperature [30, 39, 52]. For small values of ),
the movement of the particles is mainly influenced by Brownian forces. For A > 1 the magnetic forces
dominate. Bossis et al. [52] found that for usual magnetic fields, A > 1 for magnetorheological fluids
(meaning magnetic forces dominate) and A\ < 1 for ferrofluids (meaning Brownian forces dominate).
This means that it is not expected to see significant changes in viscosity for ferrofluids in the presence
of a magnetic field.

— 1 meL — 7Tll“tolufﬁza'BI{OQ (I 1)
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The Mason number is defined as the ratio between hydrodynamic (shear) forces and magnetic forces
and is given in Equation 1.2, where 7y is the fluid viscosity and 4 is the magnitude of the shear rate
tensor [52]. Note that other definitions of the Mason number in literature also exist [53, 54].

8y
Mn= —"+— 1.2
popy 32 H (12)

The Peclet number is the ratio of hydrodynamic to Brownian forces and is given in Equation 1.3. For
large values of the Peclet number, the Brownian forces can be neglected [52].

6mnsiya’
Pe= ——— 1.3
€ T (1.3)

These three numbers define the ratios between the most important forces on an MR fluid. They are
related to each other as Mn - A = %Pe. Research showed that (in case of negligible short-range
forces) for the same values of Mn, A and volume fraction (¢), all rheological properties have the same
magnitude [39, 52].



96

Appendix I. Literature review

1.1.5. Stability

One of the big challenges of MR fluids is the stability. The large density difference between the mag-
netic particles and the carrier fluid causes sedimentation of the particles. Furthermore, aggregation of
particles is present even in the absence of an external magnetic field due to remnant magnetization
of the particles. These are considered as two fundamental problems of MR fluids. Several solutions
to reduce sedimentation and aggregation of MR fluids have been proposed in literature which are dis-
cussed below [4, 38, 39, 49, 55]. Some examples of research on these technologies are given, but for
a more complete overview the reader is referred to the review papers of Kumar et al. and Ashtiani et
al. [38, 49].

1. Reducing particle size: Decreasing the particle size helps prevent the sedimentation of particles;
however, this is limited as it decreases the MR effect and by approaching the nanometer range
the Brownian forces will dominate (like in ferrofluids).

2. Particle coating: By decreasing the density of particles with a coating (e.g. amorphous silica or
organic polymers), the density mismatch between particles and carrier fluid is decreased, limiting
sedimentation. Moreover, the core materials are protected against degradation [56].

3. Magnetic nanoparticles: By using a ferrofluid as the carrier fluid, magnetic nanoparticles are intro-
duced into the suspension. The nanoparticles form a cloud around the microparticles, increasing
stability against aggregation and sedimentation. Furthermore, several studies show that the ad-
dition of magnetic nanoparticles also increases the yield stress [57, 58].

4. Wire/2D-shaped particles: By using wire-shaped particles, 2D sheet-like structures or flake-shaped
particles in MR fluids, some researchers have increased the yield stress (improved the MR effect)
and the sedimentation stability. Some examples are the addition of nanowires in an MR fluid [59,
60], using flake-shaped carbonyl iron microparticles [61] and using 2D nanocomposites as dis-
persed particles [62]. Many more examples can be found in [38, 49].

5. Carrier fluid: Another area of research to limit sedimentation is using more viscous fluids like
lubricating oil or gel. Although this reduces sedimentation, it also increases the viscosity in the
absence of a magnetic field, which is undesirable. An example of carbonyl iron particles dispersed
into a polymeric suspension can be found in [63].

6. Additives: Research into many additives for MR fluids has been done to increase the stability.
Some examples of additives are surfactants, polymeric compounds and solid fillers (e.g. guar
gum, graphite fiber, or fumed silica). The additives increase stability by inhibiting space between
the magnetic particles, separating them and thus limiting aggregation. Two examples of research
on the effect of additives (graphite nanofibre and fumed silica) on the stability of MR fluids are
performed by Lim et al. [64, 65].

Taking into account all the above-discussed methods to increase stability, using a combination of fer-
rofluids and MR fluids, using nanowires and adding stabilizers appears to be a proper method to im-
prove stability and the MR effect [38].

One other cause for sedimentation could be due to the presence of a non-uniform magnetic field. When
a gradient is present in a magnetic field, a magnetic dipole will not only align with the magnetic field, but
a force will be exerted on the particle in the direction of the magnetic field gradient [66, 67]. This force,
called the magnetophoretic force, is defined as in Equation 1.4 [68, 69]. Depending on the magnetic
field gradient present in the bearing, this force could cause sedimentation of the particles in the MR
fluid. This principle has been used in literature, to generate self-healing surface textures (see also
subsection 1.4) [70]. In literature where sedimentation was not desired and the aim was to improve
bearing performance, this phenomenon has not been addressed to be an issue, probably because the
design was always aimed at having a uniform magnetic field. Therefore, the gradient in the magnetic
field is generally small and does not cause a significant magnetophoretic force. However, this could
be an important phenomenon to keep in mind in the bearing design and primarily in the electromagnet
design.

F =mVH = 4npopsBa* HVH = 2mpop s Ba®V (H?) (1.4)
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1.1.6. Durability

Another issue of MR fluids is the lack of durability, which is caused by the oxidation of the iron particles
[39]. Oxidation of the iron particles causes an increase in off-state viscosity ("in-use-thickening”) [71].
This is believed to be caused by the brittle oxidation layer, which breaks apart into nano-sized particles.
The increase in solid volume or colloidal forces between the small particles may be the cause of the
increase in off-state viscosity. Moreover, a decrease in field-induced yield stress is observed, caused
by a decrease in particle magnetizability [72].

l.2. Hydrodynamic bearings

The section will elaborate on hydrodynamic bearings. First, the principle of hydrodynamic lubrication is
explored in subsection 1.2, after which the friction regimes and the Stribeck curve are discussed in sub-
section [.2 and subsection 1.2 respectively. The concepts of eccentricity and cavitation are discussed in
subsection 1.2 and subsection 1.2 respectively followed by the introduction of the Sommerfeld number
in subsection |.2.

1.2.1. Hydrodynamic lubrication principle

Wear and friction occur in every system with relatively moving surfaces, but are both difficult to manage
[1]. In a hydrodynamic bearing, the moving surface is fully supported by a pressurized lubricating film,
meaning that the bearing surfaces do not make physical contact. Therefore, friction is only caused by
viscous shearing of the lubricant and mechanical wear is removed. In contrast to hydrostatic bearings,
where the lubricant is pressurized by an external pressure source (e.g. a pump), the lubricating film
gets pressurised by the relative motion of the bearing surfaces. For hydrodynamic lubrication to occur,
two conditions need to be met [1, 2]:

1. The (bearing) surfaces need to move relatively with sufficient velocity

2. The (bearing) surfaces need to have a relative angle with respect to each other (they cannot be
parallel)

Note that the surfaces can be parallel and still generate a pressurized film in two cases: the surfaces
are parallel but stepped or the surfaces are parallel but move towards each other [1, 2, 73]. The
two most common types of hydrodynamic bearings are thrust bearings (used to support an axial load)
and journal bearings (used to support a radial load). As thrust bearings usually have parallel bearing
surfaces, tilted pads, a stepped surface or surface textures are needed to generate the hydrodynamic
pressure.

The principle of the pressure generation between two non-parallel moving surfaces is shown in Fig-
ure 1.3. We assume here that the bottom surface is moving. The lubricant is pulled along with the
bottom surface in between the two surfaces. To make sure the same amount of lubricant is entering
and leaving the wedge-shaped area, a pressure field is generated. On the right side, the entry flow is
limited by the increasing pressure. On the left side, the exit flow is increased by the decreasing pres-
sure. The pressure profile causes the lubricant velocity profile as shown in Figure 1.3 and also creates
a load-bearing capacity between the plates. [1, 2, 73]
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Figure 1.3: Hydrodynamic pressure generation principle. Taken from [2].

1.2.2. Friction regimes of hydrodynamic bearings
In order to sustain a specific radial load, the relative surface velocity needs to be large enough such that
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a strong enough pressure field is generated which fully supports the bearing load. This situation is called
"hydrodynamic/full-film lubrication”, which is desired as it removes mechanical wear and the friction is
significantly lower (compared to the other lubrication regimes). When the velocity is reduced, the film
thickness will decrease as the pressure magnitude is proportional to the square of the film thickness.
However, for too low velocities the film thickness will be so thin that the surface will come into contact
due to surface imperfections, increasing friction and introducing mechanical wear. This situation is
called "mixed lubrication” and the bearing load is partly transmitted by hydrodynamic pressure and
partly by mechanical contact. For even lower velocities, complete solid contact of the surfaces occurs,
which is called "boundary lubrication”. In this case, the generated hydrodynamic pressure is negligible
and the bearing load is transmitted through mechanical contact, where the lubricant only acts to reduce
wear and friction. The friction coefficient in the hydrodynamic regime is about p 1 = 0.01 —0.001, while
for boundary lubrication it is about gy ~ 0.08 — 0.014 [1]. The minimal film thickness at which the
asperities of the bearing surfaces will touch can be estimated using the film thickness parameter A,
which is defined as in Equation 1.5 [1]. Here, Rq; and Rq, indicate the RMS of the roughness of the
surfaces and h is the film thickness. If A <1, the bearing operates in the boundary layer regime and
for A > 3-4 it operates in the hydrodynamic regime.

h
A= (Rq3 + Rg3)'/? (15)

1.2.3. Stribeck curve

Figure 1.4 is an example of a Stribeck curve [74], which plots the friction coefficient versus the dimen-
sionless Hersey number % (where 7 is the dynamic viscosity, N the rotational speed and P load per
unit length). Hersey [75] showed that friction due to viscous shear was a unique function of n, N and
P. The Stribeck curve is sometimes also plotted versus velocity instead of Hersey number and the
x-axis is also regularly plotted on a logarithmic scale (as the boundary layer regime is generally small).
This curve shows the friction regimes as mentioned in subsection 1.2 and also shows the limitation of
hydrodynamic bearings. In order to operate at a low friction coefficient and minimize wear, the velocity
needs to be large enough such that hydrodynamic lubrication is generated. However, during speeding
up or slowing down, the bearing will go through the boundary and mixed lubrication regimes with much
higher friction coefficients and much more wear. By lowering the transition speed (to hydrodynamic
lubrication), friction and wear can be reduced. One way of doing this is by increasing the viscosity,
however, this would also increase the friction coefficient at higher velocities. This is where MR fluids
show an interesting property. As explained in subsection I.1, MR fluids have a larger apparent viscosity
when an external magnetic field is applied. When the magnetic field is applied using electromagnets,
the magnetic field can be applied at low velocities such that the transition speed is decreased. As soon
as the velocity is large enough, the magnetic field could be decreased in strength (or entirely removed)
to lower the viscosity while staying in the hydrodynamic regime, minimizing friction. This concept will
be elaborated on in more detail in section 1.4 where also already performed research on this topic will
be discussed.
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Figure 1.4: Stribeck curve showing the three lubrication regimes. Friction coefficient is plotted versus Hersey
number. Taken from [3].
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1.2.4. Eccentricity

In a journal bearing the shaft is not always centered with the bearing. The displacement of the shaft
center with respect to the bearing center is defined as the eccentricity (e), usually given as the eccen-
tricity ratio e = 1%, where AR is the difference between the bearing radius and the shaft radius. An
eccentricity ratio of zero means that the shaft is centered in the bearing and ¢ = 1 means the shaft is
touching the bearing. Using the eccentricity ratio, the film thickness along the bearing surface can be
defined, which is done using Figure 1.5. Using figure Figure I.5b we can define the film thickness (h) as
in Equation 1.6. As « is very small, we can assume cos(a) ~ 1 and using the definition of the eccentricity
ratio, h can be expressed in terms of AR, ¢ and 6 (0 is defined from h,,,,..) as in Equation 1.7 [1, 2].

h=ecosf + Ricosa— Ry (1.6)

h = AR(1 + ecosb) (1.7)
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(a) Schematic drawing of a journal bearing. (b) Detailed drawing.

Figure I.5: Schematic drawings of a journal bearing for the definition of film thickness. R; and R, are the radii of
bearing and shaft respectively, Og and Os the center of bearing and shaft respectively, e the eccentricity and h
the film thickness. Both taken from [2].

1.2.5. Cavitation

If a hydrodynamic bearing has a converging and diverging area, cavitation should be taken into account.
An example of such a bearing is a (plain) journal bearing. When a journal bearing is rotating, lubricant
is dragged in between the shaft and bearing increasing the pressure in the converging region. In the
diverging region the pressure decreases and even becomes negative. However, in fluids negative
pressures are suppressed by the cavitation pressure. Three types of cavitation exist [76, 77]:

1. Gaseous cavitation: When the pressure falls below the saturation pressure of the gasses dis-
solved in the fluid, the gasses will diffuse forming a gas bubble.

2. Pseudo-Cavitation: The gas bubble expands due to depressurization, but no more gas is diffused
from the liquid (e.g. the mass of the gas bubble does not increase).

3. Vaporous cavitation: If the pressure goes below the vapor pressure of the lubricant, the lubricant
can start to boil causing bubbles to form which collapse, causing cavitation erosion. Vaporous
cavitation is normally only present in bearings with dynamic loading [78].

If cavitation would be neglected the pressure distribution in the lubricant of a bearing with both a con-
verging and diverging region would contain negative pressures in the diverging region. A general form
of this pressure distribution for a continuous, incompressible lubricant is given in Figure 1.6. From this
figure, it can be seen that the load capacity of the bearing would essentially be zero, as the positive
pressure region (in the converging part of the bearing wedge) cancels out with the negative pressure
region (in the diverging part of the bearing wedge). However, it is normally observed that the pres-
sure in the divergent region is approximately constant and around the saturation pressure (often close
to ambient pressure, as the lubricant is often exposed to ambient pressure for long periods of time).
This asymmetrical pressure distribution creates a load-carrying net force normal to the bearing sur-
face. For this reason, it is important to include a cavitation model to properly model bearings with
a convergent-divergent lubricating film (e.g. journal bearings). Some boundary conditions to model
this are half-Sommerfeld (Gliimbel’'s model), Reynolds (Swift-Stieber) model and JFO model (for which
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Figure 1.6: Pressure distribution in convergent-divergent lubricating film. Taken from [78].

several algorithms exist to improve implementation, see subsection 1.3) [76, 77]. These (and more)
cavitation models will be discussed in more detail in subsection 1.3.

1.2.6. Sommerfeld number

An important parameter in bearing design is the Sommerfeld number. The Sommerfeld number is
defined as in Equation |.8 where Fp,,4 is the total load capacity, L the length of the bearing, n the viscosity
of the fluid, N the surface speed, AR the radial clearance and Rgs the shaft radius. For a specific
shaft diameter and length, the Sommerfeld number is only a function of the eccentricity. Using design
graphs, one can find the Sommerfeld number for a specific L, D (shaft diameter) and eccentricity to
select the operating parameters for an optimum performance [2]. In literature, the bearing performance
parameters are sometimes also plotted versus the Sommerfeld number.

Fmag ( AR\’
A= == .
LN (RS) (18)

1.3. Models for hydrodynamic bearings and MR fluids

This chapter dives into the models needed to model hydrodynamic bearings lubricated with MR fluid.
The equations used to model fluid flow are discussed in subsection 1.3 followed by the models to de-
scribe the flow of suspensions in subsection |.3. Section 4.3 describes the rheological models available
and used in literature for MR fluids. Section 4.4 summarizes the cavitation models available and finally,
the effect of including temperature in the models is discussed in subsection I.3.

1.3.1. Fluid flow

Fluid flow is generally described using the Navier-Stokes equations in combination with a continuity
equation (to include mass conservation). Simplifications are however normally applied to these equa-
tions to make them easier to solve. For hydrodynamic bearings many simplifying assumptions can be
made, resulting in the much simpler Reynolds equation. The most important simplification is neglecting
the inertial forces, but all the necessary assumptions are given in Appendix C. The Reynolds equation
in 2D is given in Equation 1.9 [1], where h is the film thickness, p the fluid density, 7 the viscosity, p the
pressure and Uy, Us, V4 and V5 the velocity of the boundaries in x- and y-direction respectively (where
y is in the longitudinal direction for a journal bearing and z is in the direction of the film thickness).

(e fe) 2 (el dpy = UixlaOph 4 VidVo B0k | 20 (U, 4+ Up) + L2 (Vi+Va) + 22 (19)
In hydrodynamic bearings it is often assumed to only consider the wedge effect. This means that the
surface velocity in y-direction is neglected (V; and V4 are 0) and no vertical surface velocity (0h/0t = 0)
is present. Furthermore, incompressible fluid is often assumed (so p can be cancelled out). This results
in the simplified Reynolds equation as given in Equation .10, where U = U; + Us.
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Dowson [15] derived the generalized Reynolds equation which can also take into account variations in
the fluid properties across the film. The generalized Reynolds equation may contain integrals that can-
not be solved analytically. When the variation of the density and viscosity with respect to z (coordinate
in the direction of fluid thickness) is negligible, the generalized Reynolds equation results back in the
Reynolds equation. To implement non-Newtonian fluids in the Reynolds equation (which is the case
for MR fluids) the generalized Reynolds equation needs to be modified accordingly as the viscosity is
not constant anymore.

1.3.2. Flow of suspensions

MR fluids are a suspension of solid particles. There are two methods of modeling the flow of suspen-
sions, namely the continuum and discrete approach. In the continuum approach the suspension is
considered as one homogeneous phase. The main issue with this method is to find a proper rheolog-
ical model that accurately predicts the flow behaviour and experimental measurements are generally
needed to derive the rheological model. The discrete approach is based on a two-phase flow consisting
of fluid with dispersed particles and the movement of fluid and particles is modelled separately. It is
a more general approach; however, the complexity and computational costs are very high [30]. Fur-
thermore, the exact shape and size of individual particles is often unknown. For these reasons, the
continuum approach is used in literature to model hydrodynamic bearings lubricated with MR fluids and
will also be used in this thesis. Moreover, the exact movement of the particles is not of interest as this
thesis will focus on the bearing performance. The rheological models used for the continuum approach
are discussed in the next section.

1.3.3. Rheological models for MR Fluids

As explained theoretically in subsection I.1, MR fluids behave like (shear-thinning) Newtonian fluids in
the absence of a magnetic field, but have a yield stress when an external magnetic field is present.
Many viscoplastic rheological models exist; the most commonly used in literature are the Bingham
plastic and Herschel-Bulkley model (see also section 1.4). A summary of all the viscoplastic rheological
models used for MR fluids is given in Appendix D [30]. All these models implement a yield stress which is
characteristic for MR fluids. The Bingham, biplastic Bingham and biviscous models do not include shear
thinning, whereas the other models do include this phenomenon (which is usually present in MR fluids).
MR fluid flow in steady-state is mostly modeled using the Bingham plastic model; however, mainly for
low shear rates (<1000 s~!). To include the shear-thinning behavior of MR fluids, the Herschel-Bulkley
model is often used [79]. The advantage of a cross-model like the Papanastasiou model is its better
ability to capture the shear stress dependency on the shear rate over a large range of shear rates (as
for low shear rates the relation is linear and for high shear rates shear-thinning is present).

There exist some models to predict the yield stress as a function of volume fraction, magnetic field
strength and some constants (like the Dave or Ginder equations or STE model [80]. However, in
literature the yield stress for different magnetic field strengths is usually based on measurements using
a rheometer or on the lubricants data sheet. The apparent viscosity is then based on the combination
of one of the described rheological models (Appendix D) and the plugged-in yield stress (for a specific
magnetic field strength).

1.3.4. Cavitation model

As explained in subsection 1.2, cavitation can play a significant role in a hydrodynamic bearing. Sev-
eral boundary conditions exist to take this into account. The Full-Sommerfeld condition is the simplest
boundary condition, but it does not take cavitation into account. It assumes the pressure to be zero at
the edges of the wedge which means a large negative pressure occurs in the fluid, which is physically
unrealistic and the negative and positive pressure cancel out resulting in zero load capacity. The Half-
Sommerfeld (or Gumbel) boundary condition sets negative pressures equal to zero. This boundary
condition is often applied in literature; however, this boundary condition is not mass-conserving and
imposes a discontinuity in the flow. The Reynolds boundary condition (or "Swift-Stieber” [81, 82]) is
also not mass-conserving but differs slightly from the Half-Sommerfeld boundary condition as it states
that in the diverging section there is a point where the pressure and pressure gradient are equal to zero.
It works reasonably well for the establishment of film rupture but is inaccurate in the prediction of the
reformation of the film. A widely accepted model that is mass-conserving is the JFO model [76]. Elrod
created a much simpler way of implementing the JFO model in the Reynolds equation by means of a
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switch function [83]. Vijayaraghaven and Keith [84, 85] modified the Elrod algorithm to further improve
the computational efficiency. Woloszynski et al. [86] developed the Fischer-Burmeister-Newton-Schur
(FBNS) algorithm, which is based on the Elrod-Adams algorithm but the complementarity constraint is
replaced by a system of Fischer-Burmeister equations. This algorithm results in a continuously differ-
entiable and unconstrained system of discretized equations and furthermore decreased computational
time by two orders of magnitude compared to other algorithms [86]. Alakhramsing et al. [14] proposed
a cavitation algorithm where both the mass fraction f and the pressure p are replaced by functions of
the introduced variable £. The modified Reynolds equation is then solved for £ and the pressure and
mass fraction are found using the transformation functions. This method is similar to Elrod’s algorithm,
however has the advantage that the pressure and mass fraction functions are independent and can thus
be optimally scaled for numerical stability. Some papers in literature indicate that a mass-conserving
boundary condition is needed for accurate modeling of a hydrodynamic bearing and implementation
of the JFO model is often used in literature [87]. The circumferential pressure development based on
different boundary conditions is given in Figure 1.7.
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Figure 1.7: Circumferential pressure development based on different cavitation models. a: Gumbel [88], b:
Swift-Stieber [81, 82], c: JFO and Floberg and d: Elrod [83], and Vijayaraghavan and Keith [84, 85]. Taken from
[76].

1.3.5. Temperature effect

The temperature has an effect on both the cavitation pressure and the viscosity. Including the effect of
temperature in the simulation means having to solve the energy equation [89]. In literature this is usually
not included in the theoretical model, as temperature changes are generally small and it increases the
computational costs [6, 31].

1.4. State-of-the-art research on MR Lubricated bearings

In this section state-of-the-art research on magnetorheological fluid applications is summarized, fo-
cused on the application in hydrodynamic bearings. In subsection 1.4 research on Bingham fluid ap-
plication in hydrodynamic bearings is summarized. Section 5.2 presents the state-of-the-art on MR
lubricated hydrodynamic bearings, divided into theoretical and experimental research. This is followed
by research performed on hybrid bearings lubricated with MR fluid in subsection 1.4. In subsection 1.4
papers on two novel concepts of virtual and self-healing textures are presented. Section 5.5 summa-
rizes the performed research on other applications of MR fluids, such as in hydrostatic bearings and
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dampers, to give a broader view of the advantages and implementation of MR fluids. A quick overview
of literature on hydrodynamic bearings lubricated with ER fluid is given in subsection 1.4. Finally, the
literature presented is summarized and categorized in subsection 1.4 followed by the literature gap in
subsection 1.4.

1.4.1. Bingham fluid application in hydrodynamic bearings

MR fluids are often described as Bingham fluids, meaning that theoretical research on hydrodynamic
lubrication with Bingham fluids (especially on the methods of simulation) is also of interest. Already in
1966, Batra [90] proposed an analytical solution for a journal bearing lubricated by a Bingham material.
This solution was based on a formed core near the bearing at the location of maximum film thickness
and a formed core near the shaft close to the region of minimum film thickness. He concluded an
increase in load capacity and friction when a Bingham material was used as lubricant in comparison
to a Newtonian fluid. Wada et al. [91] introduced a theory for lubrication using Bingham fluids and
applied this to journal bearings [92]. They used grease as the lubricating fluid as this behaves as a
Bingham fluid and validated their findings with experimental tests. They also concluded an increase in
load capacity and friction for a Bingham fluid. Gertzos et al. [31] analyzed hydrodynamic lubrication
by a Bingham lubricant using a three-dimensional CFD analysis and came to the same conclusion of
increased friction and load capacity, which also increased with increasing yield stress. Furthermore,
they suggested semi-active control of a journal bearing using MR or ER fluids.

Dorier and Tichy [93] proposed a method for implementing the Bingham fluid model in the generalized
Reynolds equation using a regularization strategy, with the disadvantage that while it converges to the
Bingham plastic fluid model (for increasing value of regularization parameter) the computational costs
increase. Lampaert and van Ostayen [94] presented a new "exact” thin-film lubrication simulation for
a Bingham fluid which does not need any other approximations compared to the ones needed for the
generalized Reynolds equation. The paper did not go into the effect of Bingham fluids on the bearing
performance but focused on the new simulation method. This method was compared with the methods
of Wada et al. [92] and Gertzos et al. [31] (both papers discussed above) and to the one-dimensional
method of Tichy [95], and was found to be both in good agreement and have lower computational costs
due to lower degrees of freedom and since no regularization method was used.

1.4.2. MR lubricated hydrodynamic bearings

The research available in literature on hydrodynamic bearings lubricated with MR fluid can be divided
into purely theoretical research and experimental research (which most often also includes some the-
oretical analysis), which are both discussed below.

Theoretical research

Bompos and Nikolakopoulos [34] performed a three-dimensional CFD simulation of a journal bearing
lubricated with MR fluid. They used a Bingham model where the shear stress is a function of the
magnetic field intensity and used the Half-Sommerfeld boundary condition to model cavitation. The
magnetic field is applied between the shaft and the bearing. As for the literature on the effect of using
Bingham fluids, their main conclusions also were an increase in friction coefficient and load capacity.
Babin et al. [96] created a mathematical model to simulate a journal bearing lubricated with MR fluid
activated by means of eight solenoids placed circumferentially around the bearing. They only analyzed
the effect of the current in the solenoids on the load capacity and found a significant increase and
observed a non-linear relation with respect to the current in the solenoids.

Comparison of ferrofluid and MR fluid Laukiavich et al. [48] investigated the use of ferrofluid and
magnetorheological fluid in a hydrodynamic bearing and their capability for active control. They did a
three-dimensional simulation by solving the Navier-Stokes equations implementing the Bingham model
and Half-Sommerfeld boundary condition to account for cavitation. The magnetic field was applied by
means of eight solenoids placed circumferentially around the bearing surface for the MR fluids and by
means of eight current-carrying wires for the ferrofluids. They observed only small effects on bearing
behavior when using ferrofluids and concluded that due to the large amount of current required to
generate small changes in load capacity, ferrofluids are unsuitable for controlling the performance of
hydrodynamic bearings. In contrast, they found MR fluids can significantly increase the load capacity
due to the active change in viscosity and proposed the usage of solenoids as the magnetic field source
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to easily change the magnetic field. Just as in other literature, they did note the downside of using
MR fluids which is the increased torque, although they deemed the torque increase as an acceptable
side effect of an actively controllable hydrodynamic bearing. Laukiavich et al. also referred to two
papers ([97, 98]) where it was found theoretically that ferrofluids could increase the load capacity while
decreasing the friction coefficient. Several other papers are in agreement with this [99, 100]. However,
Laukiavich et al. mention that when a realistic size hydrodynamic bearing (~50 mm shaft diameter)
would be considered, the required current would be in the range of 200-600 A for a rotational speed of
200 rad/s, which is not deemed realistic.

Semi-active control using MR fluid Zapomél and Ferfecki [101] investigated semi-active control of a
hydrodynamic bearing by changing the provided current. They proposed a new type of bearing design
situated at the end of the shaft as shown schematically in Figure 1.8, enabling easy application of the
magnetic field orthogonal to the flow direction of the lubricant. By changing the current they managed
to shift the shaft towards the bearing center, achieving semi-active control. Zapomél and Ferfecki
published several papers based on this same bearing design. In [102] they performed theoretical
research using ferrofluids-based magnetorheological fluid where a rigid rotor was excited by unbalance.
They observed an increase in load capacity for increasing magnetic field, while not destabilizing the
rotor vibration. In [103] they investigated the effect of applying a different force and current. They also
presented the response of the bearing over time when introducing a current and changing the load on
the shaft. Lastly, they found control to be limited as for too high current the vibration caused by the
rotor unbalance becomes unstable. Zapomél et al. [104] continued on this design and did research
on using semi-active control to avoid disc collisions. Using this principle they were able to prevent
impacts in a certain velocity interval or decrease the impact forces in case of a collision. Peng et
al. [105] performed theoretical research on the control strategy for an active MR lubricated bearing
using the Bingham model. They only magnetized the MR fluid locally at the bottom of the bearing and
looked at the shaft locus under different currents. They found that with increasing current magnitude
the orbit of the shaft decreases and stabilizes, meaning that it has the ability to suppress rotor vibration.
Furthermore, they compared different algorithms to implement a PID controller and found the IGWO
(improved gray wolf optimization) algorithm performed best in terms of response speed, overshoot and
steady-state error, but it is noted that the robustness might not be sufficient under heavy load conditions
(performed research was under a load of 1000 N at a rotating speed of 200 rpm).
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Figure 1.8: Schematic drawing of the bearing design used in [101]. Taken from [101]

Stiffness and damping coefficients Some researchers looked at the change in stiffness and damp-
ing coefficients when using MR fluids in hydrodynamic bearings. Bompos and Nikolakopoulos [106]
compared Newtonian fluids, MR fluids and ferrofluids in a journal bearing looking at the stiffness and
damping coefficients. They performed the same type of three-dimensional CFD simulation as in [34].
They observed a high increase in the stiffness coefficient for MR fluid and ferrofluid. Both also showed
an increase in the damping coefficient, where ferrofluid even had a significantly higher damping co-
efficient compared to MR fluid. The problem of ferrofluids is however the lack of controllability, as
the rheological properties do not change significantly in their off-state. Wang et al. [107] did a the-
oretical simulation investigating the dynamic characteristics using a Herschel-Bulkley model (taking
shear-thinning into account) and implementing the Reynolds boundary condition for cavitation. Five
different lubricants were compared: Newtonian fluid, MR fluid in off-state, MR fluid in on-state and a
weak and strong shear-thinning MR fluid. They concluded that MR fluid only increases the load capacity
if the shear-thinning effect is not large. Moreover, they concluded that both stiffness and damping are



I.4. State-of-the-art research on MR Lubricated bearings

105

increased, where the stiffness increase becomes more significant for higher rotating speed. Though, a
strong shear-thinning effect can limit the increase or even cause a decrease in stiffness and damping
coefficients. Their overall conclusion is that shear-thinning should be taken into account when choos-
ing MR fluids. Wang et al. [108] analyzed the stiffness and damping properties of a (semi-) floating ring
bearing by means of a simulation with the Herschel-Bulkley model implemented. The rotating floating
ring limits the shear rate and thus the shear-thinning effect of the MR fluid. Furthermore, they found
a weaker magnetic field in the inner ring, limiting the friction increase compared to an ordinary journal
bearing. Moreover, they concluded that the damping coefficient increases more due to the external
magnetic field than the stiffness coefficient and that the damping coefficient improvement is largest for
small eccentricity.

Experimental research
Next to the purely theoretical research presented, quite some experimental research has been per-
formed, which will be discussed here.

Comparison of ferrofluid and MR fluid

The first experimental research on hydrodynamic bearings lubricated with MR fluids is performed by
Urreta et al. [11]. They compared ferrofluid and MR fluid and also looked at the difference between a
carbon steel (magnetic) and stainless steel (non-magnetic) shaft. The magnetic field was applied by
means of two electromagnets on opposite sides of the bearing. The magnetic field strength was not
varied, but only turned on and off. For the ferrofluid they found the effect to be very low due to a small
rheological change of the ferrofluid and thus deemed it not suitable as an active lubricant for a journal
bearing. For the MR fluid they did find an increase in load capacity, mainly for lower velocities. The effect
on the friction coefficient was not measured. Moreover, they found the carbon steel (magnetic) shaft to
have a higher load capacity and the locus to be more stable and linear compared to the non-magnetic
shaft. This is probably due to the magnetic field being stronger in the radial direction (normal to lubricant
flow velocity) due to the magnetic shaft. Bhat et al. compared the friction in a hydrodynamic journal
bearing lubricated with ferrofluid and MR fluid for currents of 0, 10 and 18 Ampere. They found an
increase in frictional force for MR fluid under the influence of an increasing magnetic field, whereas the
frictional force did not change under the influence of a magnetic field for ferrofluid. They mentioned that
a large amount of energy would be required to create very small changes in the viscosity of ferrofluids,
which makes MR fluids more applicable for the intended application in this thesis.

Variable magnetic field strengths

Just like in the paper of Bhat et al. [109], several papers have been published in which tests are per-
formed for different magnetic field strengths, instead of just the comparison between MR fluid with and
without an external magnetic field. Vaz et al. [110] (same setup as used by Bhat et al. [109]) experi-
mentally investigated the frictional force in an MR lubricated hydrodynamic journal bearing. They only
performed measurements on the frictional force in the hydrodynamic lubrication regime and concluded
an increase in frictional force for increased current through the coils (measurements were performed
for 0, 10 and 18 Ampere). Zhang et al. [111] investigated the performance of a rubber stern bearing
test ring with MR fluid. Here, the bearing was loaded axially and the magnetic field was applied in axial
direction as well. The magnetic field strength was varied between 10mT, 30mT and 50mT. Next to an
increase in the load capacity for increasing magnetic field, a decrease in friction coefficient was found.
However, it was deduced from the numerical model that this decrease was mainly due to an increase
in the load capacity.

Moles [10] wrote a PhD thesis on actively controllable hydrodynamic journal bearings using MR flu-
ids. He both theoretically and experimentally investigated the performance of a hydrodynamic journal
bearing under different magnetic field strengths by means of eight solenoids placed circumferentially.
For his theoretical model, he used a modified Reynolds equation implementing the Herschel-Bulkley
model and the Elrod cavitation model. He found numerically that for most combinations of speed and
eccentricity ratio, an increase of 20% in the load capacity was achievable. Furthermore, the critical
mass, the mass that the bearing can support while maintaining stable operation, was increased by
30% when applying a magnetic field. He also noticed that with increasing magnetic field strength the
attitude angle generally increases slightly. Mainly at higher eccentricity ratios the steady-state position
is noticeably altered. A dynamic analysis was performed to observe the response of the bearing to
a small load increase under the influence of an applied magnetic field. This analysis showed that the
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applied magnetic field eliminates the overshoot and oscillations in position and significantly reduces the
total deflection from the original steady-state position. Removing the electromagnets in the diverging
region of the bearing had minimal effect on the load capacity (except for the lowest rotational speed
of 250 rpm or at an eccentricity ratio of 0.1). The effect on other parameters like the attitude angle,
pressure distribution and fluid flow rate was also minimal.

For his experimental tests the magnetic field was varied by performing measurements with a current of
0, 10 and 20 Ampere. His experimental tests showed a decrease of 15-50% in eccentricity ratio with
increasing magnetic field strength, depending on the rotational speed (indicating an increase in load
capacity as the applied load was kept constant). Furthermore, an increase of 3-4.5% in frictional torque
was measured (again depending on rotational speed). Another test was performed where half of the
solenoids, on the low-pressure side of the bearing, were turned off. This test was only performed for
one specific rotational speed, but showed a comparable (even slightly lower) eccentricity ratio decrease
as when all solenoids were turned on. It was noted that the variability when half of the electromagnets
were turned off was noticeably higher, indicating some introduced instability. This measurement im-
plies that the magnetic field on the low-pressure side is not needed to increase the load capacity. More
research on this principle, where a local magnetic field is used instead of a global magnetic field in the
entire bearing, is discussed in the next section.

Local magnetic field

Quinci et al. [5] performed research on a journal bearing where only the lower section was magnetized
(using 35 permanent magnets) to minimize the friction while still maintaining the increase in load ca-
pacity. They however still found a high increase in friction. As they used permanent magnets in their
configuration they could not turn off or lower the magnetic field (so could not compare the MR fluid with
and without an external magnetic field) and they suggested using electromagnets in further research.
Moreover, they mentioned they used MR fluid which was not optimized for the specific hydrodynamic
application. Lastly, they noticed their FEM and experimental results to generally be in good agreement;
however, deviating more for higher operating speed. They attributed this to the exclusion of thermal
effects (temperature increase during operation) in the numerical model, which is mainly important for
higher operating speeds. Van der Meer et al. [6] continued on the work of Quinci et al. where the
journal bearing was again locally magnetized but now by three permanent magnets at the bottom of
the journal bearing. Measurements were also performed when the magnets were removed to compare
the MR fluid in on- and off-state. The MR fluid was modified to have a viscosity below that of the refer-
ence oil at high shear rates and the mass fraction of the particles was reduced from 70 to 20%. They
managed to obtain lower friction values with the MR fluid compared to the base oil; however, due to the
lower viscosity the transition speed was increased a bit (meaning a decrease in load capacity). Their
next step is to find a combination of an MR fluid and a magnetic field that results in a lowered transition
speed and minimal friction increase. Their numerical model assumed the MR fluid to be a Newtonian
fluid and they used the JFO boundary condition to include cavitation. The numerical and experimental
results were in pretty good agreement and the observed differences were attributed to the isothermal
approximation and the excluded shear-thinning effect of the MR fluid (both temperature increase and
shear-thinning effect decrease the viscosity in the experimental tests).

Stiffness and damping coefficients

Like for the theoretical research, some experimental research was also primarily focused on the stiff-
ness and damping coefficients. Bompos and Nikolakopoulos [112] did experimental research on the
dynamic behavior of an MR lubricated journal bearing using an impact excitation method and compared
the results when the magnetic field was turned on and off. They found a decrease in the shaft orbit
of 75% when applying the magnetic field (the magnetic field was applied by two lateral coils). Further-
more, a decrease in eccentricity was also observed. In terms of stiffness and damping coefficients,
they found a large increase for the MR fluid under the influence of an external magnetic field, although
the exact changes in these coefficients differ depending on the direction (coefficients differ in x- and
y-direction). Wang et al. [113] experimentally investigated a floating ring bearing with MR fluid and
focused on the rotordynamic coefficients (similar to their theoretical research in [108]). The magnetic
field was applied by means of 4 solenoids placed around the bearing, with opposing magnets having
the same polar orientation. The applied current was varied between 0, 0.8, 1.6 and 2.4 Ampere. They
found an increase in stiffness and damping coefficients when a magnetic field was applied and thus
the ability to change these coefficients by changing the magnetic field.
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1.4.3. MR lubricated hybrid bearings

A lot of (mainly theoretical) research has also been performed on hybrid bearings lubricated with MR
fluid. As hybrid bearings are a combination of a hydrostatic and a hydrodynamic bearing, many papers
still provide interesting findings with respect to the effect of MR fluids on the performance of hydrody-
namic bearings. The papers are again subdivided into purely theoretical research and experimental
research.

Theoretical research

The theoretical research on hybrid bearings lubricated with MR fluid can be categorized by the shape
of the hybrid bearing, namely: straight journal bearings (both the shaft and the bearing housing are
straight), conical journal bearings and spherical journal bearings.

Straight hybrid journal bearing

Sahu and Sharma [114] created an FEM simulation of a herringbone-grooved hybrid slot-entry journal
bearing. Apart from the alteration in the shape and angle of the herringbone-grooves they also inves-
tigated the effect of MR fluid. They found, in line with the other presented literature, an increase in
the minimum film thickness, frictional torque, and stiffness and damping coefficients when using MR
fluid. In addition, they found an improvement in the stability threshold speed. The textures caused the
minimum film thickness to decrease, but the usage of MR fluid counteracted this undesired effect.

Sahu et al. [115] investigated the effect of misalignment and surface irregularities on an MR fluid hybrid
slot-entry journal bearing. The magnetic field is applied by two solenoids on both sides of the bearing,
creating a magnetic field through the bearing which is not always perpendicular to the flow direction of
the lubricant. They found that the application of MR fluid increases the minimum film thickness (also
in case of misalignment which decreases the minimum film thickness, so the MR fluid can be used to
counteract the minimum film thickness decrease due to misalignment), the frictional torque, stiffness
and damping coefficients and also improves the stability threshold speed.

Conical hybrid journal bearing

Sharma and Kumar [116] looked at a roughened conical hybrid journal bearing and found that MR lubri-
cant improves bearing performance at the cost of frictional power loss. Sahu et al. [117] investigated
MR lubricated slot-entry hybrid conical journal bearings with texturing arrangements. They theoretically
investigated different texturing arrangements, semi-cone angles and the influence of MR fluid versus a
Newtonian fluid. Just like in [115] it was found MR fluid increases the minimal film thickness, frictional
torque, stiffness and damping coefficients and stability threshold speed. Here, it was found that MR
fluid can be used to counteract a decrease in damping coefficients due to the texturing or to counteract
the decrease in stability threshold speed due to a higher semi-cone angle.

Spherical hybrid bearing

Sharma and Tomar [118] investigated a hybrid hole-entry spherical journal bearing with micro-grooves
by means of a FEM model. Again, it was found that the general bearing performance improved due
to MR fluid (increased minimum film thickness, increased stiffness and damping coefficients, lower
lubricant flow rate and higher stability threshold speed) at the cost of an increase in frictional torque.
Sharma and Agrawal [119] performed an analysis of a spherical hybrid thrust bearing considering the
influence of surface irregularities and came to a similar conclusion of improved bearing performance
with increased frictional power loss. Tomar et al. [120] did similar research; however, on a hole-entry
spherical hybrid journal bearing. The findings concerning the bearing performance when using MR
fluid were again in accordance with the other papers on hybrid bearings discussed above.

Experimental research

Urreta et al. [121] looked into the application of a hybrid journal bearing for high-precision spindles of
machine tools. The magnetic field was applied in the same way as for [11], by means of two solenoids.
They found 50% higher load capacity and stiffness. However, as the bandwidth of the system was
found to be below 5 Hz, they concluded that active control by magnetic fluids cannot be considered for
compensation of the unbalance in machine tool spindles shafts.

1.4.4. MR lubricated bearings with virtual or self-healing textures textures
De Graaf [70] showed that by means of a local varying magnetic field and MR fluid, a virtual (rheological)
MR texture can be formed. Due to the local magnetic field, the apparent viscosity of the MR fluid can
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be increased to the point of it behaving as a solid. He then showed that this virtual texture can produce
a load capacity even when no solid part is formed, due to the locally increased apparent viscosity. He
furthermore discovered that if a magnetic field with a large gradient was applied to a thrust bearing with
MR fluid, the magnetic particles would be pulled from the flow. In this way, the particles will pile up and
form a surface texture. This formed texture has the same effect as normal bearing surface textures and
generates a load capacity. Compared to normal surface textures, it was suggested that these textures
are self-healing, as the particles that are worn off remain in the closed system and sediment back onto
the texture. More literature is available on both of these concepts, which is discussed below.

Rheological textures

Lampaert et al. [122, 123] theoretically investigated the concept of rheological (virtual) textures in
a hybrid journal bearing. The rheological textures were created using activated regions where the
viscosity is increased and a yield stress is introduced. By means of rheological textures, the load
capacity of the bearing was enhanced, again at the cost of an increase in friction.

Self-healing textures

Van der Meer [124] created a numerical model to simulate the self-healing behavior suggested by de
Graaf, alongside experimental tests performed by Lucieer [125] on a vertical journal bearing. The
numerical model of van der Meer was constructed to predict the steady-state shape and size of the
surface textures. Furthermore, the effect of the textures on the load capacity and friction was modeled.
First, the model was compared to the results of de Graaf [70], qualitatively indicating that the texture
size scales with shear stress. The numerical model was compared with the experiments of Lucieer
[125] but no correspondence was found, measuring differences in torque of 50-100%. The differences
were argued to be caused by the whirl present in the experiments. His model was also used to demon-
strate the possibility of generating self-healing herringbone textures in a journal bearing. He concluded
that this method can be used to stabilize the bearing. Furthermore, by introducing a difference in the
magnetic field strength of the individual magnets, a load capacity was generated at zero eccentricity,
which is not obtained with standard herringbone textures. Lucieer demonstrated that increasing mag-
netic field strength results in larger textures but also in increased torque. He also concluded that a
minimum critical particle mass percentage exists in order to ensure continuous texture restoration and
uniformity of texture on the different magnets. Van Kuik [126] modeled the particles in an MR fluid by
means of a discrete model, in order to simulate the transition from structures to textures. He found that
the sedimentation of the particles was not caused by the attractive force of the magnet by itself but by
a combination of this force and the deformation of the particle structures. When the shear rate was
zero, there was only a very slight increase in the particle volume near the magnet. Higher shear rates
cause the particle chains to deform and particles to aggregate at locations of highest magnetic field
gradients and particles will build up on this aggregation. This finding of particle aggregation behind the
magnet(with respect to the flow direction)is in line with the findings of Lucieer [125]. The main relevant
conclusion from these papers on the intended application (in this thesis) of MR fluid in a hydrodynamic
bearing is that a too large magnetic field gradient will cause sedimentation and texture generation.
Therefore, the aim should be to design a uniform, or at least without large gradients, magnetic field.

1.4.5. MR fluid in other applications

Apart from lubricating hydrodynamic and hybrid bearings, research has also been performed on MR
fluid in other applications, such as dampers, clutches, breaks, valves and hydrostatic bearings [49]. In
fact, MR fluids have already been commercially applied in semi-active dampers and rotary brakes since
the mid-90s. MR dampers can rapidly acquire high damping force while using little power by applying a
magnetic field through an electromagnet to the MR fluid and are, among others, used in the automotive
industry [127—-129]. Zhu et al. [129] addresses several different coil designs used in dampers, which
can be used as inspiration for MR bearings. In dampers the coil is often placed around the moving
part/shaft of the damper, whereas for bearings the electromagnets are generally placed around the
bearing housing.

Hesselbach and Abel-Keilhack [130] performed research on MR lubricated hydrostatic bearings aiming
to create a constant bearing gap for a changing payload. By changing the magnetic field, they managed
to achieve a large change in bearing gap at constant payload, while only using a very limited amount of
power. Furthermore, they showed that it is possible to use this principle to achieve a constant bearing



I.4. State-of-the-art research on MR Lubricated bearings

109

gap. Guldbakke and Hesselbach [131] continued on this research and created a magnetohydrostatic
bearing (hydrostatic bearing in which the pressure is generated by the gradient of the magnetic field),
which only showed a limited load capacity. Furthermore, they concluded in this paper it is possible to
achieve nearly infinite stiffness for moderate gap sizes in MR lubricated hydrostatic bearings with a
closed-loop system. More research on hydrostatic bearings lubricated with MR fluid can be found in
literature (although limited) such as Lampaert and van Ostayen [132], who showed that it is possible
to recreate the pressure profile in a hydrostatic bearing solely using a magnetic field.

1.4.6. ER lubricated hydrodynamic and hybrid bearings

Some limited research has also been performed on hydrodynamic [35, 133—140] and hybrid bearings
using ER fluid [141-148]. Very similar types of tests are performed, measuring or determining load
capacity, friction and stiffness and damping coefficients. No significantly different results compared to
the results found in the extensive literature review on MR fluids in hydrodynamic or hybrid bearings
were found. Therefore, a more in-depth discussion of this literature is omitted.

1.4.7. Summary of state-of-the-art

As quite a lot of literature is presented in this chapter, the references have been summarized and cat-
egorized in Table 1.1. First, they have been categorized by type of fluid, followed by application type
(different rows). The papers have then been assigned to their corresponding categories regarding
research model or method (type of model used for the simulations and if experimental tests were per-
formed), topic of findings (on what parameters were conclusions drawn in the papers), field strength
(are several different field strengths analyzed or were only the situations with and without an external
field compared) and field application (was the external field applied locally or globally through the entire
bearing or device). The field strength and field application categories are interesting, as this thesis will
focus on finding the best field strength and shape for specific operating conditions (and will thus com-
pare several field strengths and different shapes of local magnetic field). The category "semi-active
control” included only papers that performed analysis in which the magnetic field was changed during
bearing operation. The papers mentioned did this by analyzing the response of the bearing due to
turning the magnetic field on. No papers were present in which the magnetic field was changed based
on the operating conditions. This table was used to identify the gaps in the state-of-the-art but can also
be used to quickly search for applicable papers.

As the MR fluids used in the experimental research differ significantly and there has not been a con-
clusion on what MR fluid performs best, the different MR fluids used in the experimental research are
summarized in Table J.1. The base viscosity (in the absence of a magnetic field) is included at low
shear rate (approximately 1000 s—!). Papers that did not include any information on the fluid used are
omitted. Many theoretical papers were based on an MR fluid of Lord Corporation and the details are
included in Table J.2.

1.4.8. Literature gap

To conclude, the existing literature on MR lubricated hydrodynamic bearings agrees on the findings
that MR fluid can be used in hydrodynamic bearings to increase load capacity, stiffness and damping
coefficients at the cost of an increase in friction. MR fluid application in e.g. dampers and valves is
far developed and even commercially available, while MR fluid application in (hydrodynamic) bearings
is still being researched. Existing literature focuses mainly on the hydrodynamic lubrication regime
and does not take into account the change in the transition speed (or equivalently the maximum load
capacity at a specified minimum film thickness), except for the paper of van der Meer [6]. Furthermore,
most literature considers a constant magnetic field, which does not change with bearing velocity or
applied load/load capacity. Some research has been done on locally applied magnetic fields, but not
on the optimization of the exact shape of the magnetic field. Semi-active control of the bearing while
observing and minimizing the friction has, to the knowledge of the author, not been investigated to date.
In subsection 1.4 it can also quickly be seen that for MR lubricated hydrodynamic bearings the research
on semi-active control, especially in combination with a local magnetic field and experimental tests, is
very limited and the combination of the three does not even exist yet.
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MR fluids used in literature

Paper Name Compan Carrier Mass/volume Viscosity
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Urreta et al.[11] 2ED Corporation ol Mass. 72 0.042
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van der Meer Modified Liquids Hydrocarbon
etal.[6] MRHCCS4-A  Research Ltd. oil Mass. 20 ~0.09
Moles [10] n/a Homemade ISO :.32 . Mass. 9.24 0.17
hydraulic oil
Bompos and SAE-10W
Nikolakopoulos [112] n/a Homemade ol Mass. 20 n/a
Wang et al. [113] n/a Homemade lSO.VG3.2 Mass. 30 ~0.032
turbine oil
MRF-122- Lord Hydrocarbon
Urreta et al. [121] 2ED Corporation oil Mass. 72 0.042
. MRF-122- Lord Hydrocarbon
Lucieer [125] 2EG Corporation oil Mass. 72 0.042
Lampaert and Mineral
van Ostayen [132] n/a Homemade ol Mass. 72 0.073

Table J.1: Properties of the MR fluids used in literature. Magnetic particles were made from (carbonyl) iron for all

fluids. Viscosity is based on low shear rate (approx 1000 s—1).

Name Papers Mass Viscosity Density
fraction [%] @40°C [Pa-s] [g/cm?)
MRF-122-EG  [70, 107, 114-117, 119, 124] 72 0.042 £ 0.020 2.18-2.48
MRF-122-2ES [118] 72 0.042 2.28-2.48
MRF-122-2ED [120, 121] 72 0.042 2.28-2.48
MRF-132-DG [34, 105, 106, 130, 131] 80.98 0.112 £ 0.02  2.95-3.15
MRF-140-CG [48, 96] 85.44 0.280 £ 0.070  3.54-3.74

Table J.2: Properties of the MR fluids used in theoretical literature. Fluids consist of hydrocarbon oil with iron
magnetic particles. All fluids are from the company Lord Corporation. Viscosity is based on shear rate of
800-1200 s~ !, except for MRF-122EG for which it is based on a shear rate of 500-800 s~*.
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