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Abstract

Current dynamical models of the slewing motion of offshore cranes cannot predict the occurring vi-
brations during the design phase that arise during slewing. The relatively small pedestal crane on
the Sleipnir experienced severe vibrations during the slewing motion in both the crane house and the
boom, which were in the order of 1 and 5 Hz. As a result, the crane operator almost shook out of his
chair. This research aims to create a dynamical model of a crane from controller to suspended load to
predict the occurring vibrations during slewing during the design phase. The type of crane studied is
an electrically driven pedestal mounted offshore crane with a lattice boom structure.

A system analysis of the crane regarding the dynamics results in a list of dynamic effects. These
are compared to obtain which dynamic effects are significant and which are negligible to include in the
dynamical model. The equations of motion are derived to create the dynamical model, which consists
of the controller, the slew drive system, the boom and the suspended load. The controller includes a
Pl-controller, a ramp function and play compensation. The ramp function creates a s-curve as speed
input for the Pl-controller. Play compensation brings the gears under tension to press out the play,
which prevents backlash.

A comparison between a model with and without backlash shows that the model with backlash
results in vibrations consisting of two frequencies, which are in the same order of magnitude as the
vibrations observed in the pedestal crane on the Sleipnir. While the model without backlash is not
able to predict these vibrations. In addition, the frequencies of vibration correspond to the natural
frequencies of the first two lateral bending modes of the boom.

The results show that backlash in the system excites the natural frequencies of the boom. This
means that the cause of the vibrations is the combination of backlash and the flexibility of the boom. The
dynamical model calculates the same vibrations as were found in the pedestal crane on the Sleipnir.
Thus, the proposed dynamical model can predict the occurring vibrations during slewing during the
design phase. Experimental data should be obtained in the future to validate the model.

T.A. van Vugt
Delft, October 2020
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Introduction

The world is in a transition from oil and gas to renewable energy and so is the offshore environment.
Unused offshore platforms are being decommissioned, while wind turbines are being installed at a rapid
pace. Offshore crane are required to accommodate both the decommissioning and the installation.
The largest crane vessel, the Sleipnir, was built to decommission unused platforms. The cranes on this
vessel set an astonishing record for heaviest lift of 15300 tonnes [1].

Huisman Equipment built and designed the cranes on the Sleipnir and these are shown in Figure 1.1.
This shows two large tub mounted cranes on the left, which are used for decommissioning. A smaller
crane is encircled on the right and Figure 1.2 zooms into this crane. This crane type is a pedestal
mounted offshore crane and it has a lattice boom structure. Such a crane has three motions, one of
which is the slewing motion, which is the rotation of the crane house around its own axis.

This master thesis is conducted at the dynamics group at Huisman Equipment. The main activity
of Huisman is designing and building offshore cranes.

Figure 1.1: Largest crane vessel, the Sleipnir with two 10000 tonnes tub cranes on the left and one 100 tonnes pedestal mounted
offshore crane encircled on the right
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Crane house

Boom

Pedestal

Figure 1.2: The pedestal mounted offshore crane on the Sleipnir. The crane house is built on the pedetal. Connected to the
crane house is the boom

1.1. Problem statement

The pedestal crane shown in Figure 1.2 experienced heavy vibrations during the slewing motion in both
the crane house and the boom. These vibrations occurred during starting and stopping of the crane
and consisted of two frequencies. The first one is a low frequent vibration, in the order of 1 Hz. The
second frequency is more high frequent and in the order of 5 Hz. These vibrations were a problem,
because of the following three reasons:

» The operator almost shook out of his chair
» The structure will fatigue more quickly
» The load positioning accuracy cannot be guaranteed

The problem is that the current calculation models are not able to predict the vibrations that occurred
during the slewing motion. The current models include the following:

» Boom as one equivalent rotating inertia
+ Static sidelead of the load

+ Static heel of the crane

+ Static friction

These models calculate the required slewing moment to accelerate the boom while including static
forces. The standards provide dynamic amplification factors to account for dynamics. Thus a dynamic
analysis, which can predict vibrations during slewing, is missing. It is inefficient to solve vibration issues
after building a crane, because it costs a lot of money and time. Furthermore, it can cause dangerous
situations for the crane operator and the people around the crane. Therefore, it is desirable to be able
to predict vibrations during the design phase.

The objective of this master thesis is to develop a method to predict the occurring vibrations during
the slewing motion in a pedestal crane during the design phase. This requires a dynamical model
that simulates the response of the crane during slewing to predict vibrations. The research question is
defined as follows:
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How to model the dynamics of a slew drive system of offshore cranes sufficiently accurate to
predict the occurring vibrations during slewing during the design phase of a crane?

Other researchers investigated crane dynamics during slewing before, however, important aspects
were neglected. Section 1.2 presents the literature review to show what has been done and what is
missing. The main research question is divided into sub-questions to break up the problem is smaller
problems, which are defined as follows:

» Which components are used during the slewing motion?
* Which dynamic effects are significant to predict vibrations during slewing?
» How can a theoretical dynamical model be created to test certain dynamic effects for significance?

» How should the theoretical model be simplified, such that the approximation is sufficiently accu-
rate?

This thesis considers an electrically driven pedestal mounted offshore crane with a lattice boom
structure. The pedestal crane on the Sleipnir is a hydraulically driven pedestal crane with a lattice
boom structure. There have also been cases where an electrically driven crane experiences the same
sort of vibrations as occurred in the Sleipnir. The vibrations of an electrically driven crane have typically
a slightly higher frequency, because a hydraulic crane has an additional stiffness as a result of the oil.
This additional stiffness term decreases the equivalent stiffness, which decreases the natural frequency.
The electrically driven crane is considered, because most new cranes use an electric drive. A few
assumptions are made for this thesis:

» The manufacturing and assembly is done according to the drawings and there are no failures
» The controller works well and is stable

» The effect of vessel motions due waves is not included, because this has typically a period of 6
to 15 seconds

1.2. Literature review

There are multiple researchers that analysed the crane dynamics during the slewing motion. For ex-
ample Jerman et al. [12] and Blackburn et al. [2] created a dynamical model of the crane with the
assumption that the boom and drive line is rigid. In addition, Jerman and Kramar [11] assumed that
the boom only has axial flexibility, hence, neglecting lateral bending, while also assuming a rigid drive
line. Other researchers used a flexible boom with a single stiffness, hence adding one extra natural
frequency to the model, while also assuming the drive line to be rigid [4][10]. Yang et al. [25] and
Rauscher and Sawodny [18] created the same models with the only difference that the payload can
move over the length of the boom.

The dynamics of multiple pinions driving a ring gear is analysed for tunnel boring machines. Here,
the stiffness of the gearboxes and backlash is included in the dynamical models [22][16][23][19]. How-
ever, these researches did not include the dynamics of the crane itself.

Thus, the current research regarding crane dynamics during slewing neglects the dynamics from
the following:

+ Slew drive system
 Controller
» A boom with higher order bending modes than the first mode

A model that considers the dynamics during the slewing motion from the controller to the load has not
been researched before. This master thesis researches such a model.
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1.3. Reading guide

Chapter 2 investigates the dynamic effects present in the system and analyses which dynamic effects
should be included in the dynamical model. Chapter 3 explains the model, which is created to predict
the dynamic slewing behaviour of the crane. Chapter 4 discusses how to model the boom sufficiently
accurate and it discusses the influence of backlash and the control functions. Chapter 5 presents the
conclusion of this master thesis with future recommendations.



System analysis

This chapter investigates the dynamic effects present in the crane during the slewing motion. Section
2.1 presents the criteria to judge whether a dynamic effect is significant or negligible. Section 2.2
shows the main components of the slew drive system and the crane. Sections 2.3 to 2.9 investigate
the dynamic effects present of the main components and section 2.10 concludes which dynamic effects
should be modelled and which can be neglected.

2.1. Criteria

As mentioned in section 1.1, the frequency of vibration of the Sleipnir is between 1 and 5 Hz and
the electric drive is slightly more stiff than the hydraulic drive line. Therefore, the frequency range of
vibration is extended to the order of magnitude of 1 to 10 Hz.

Vibrations are a result of the product of a structure and an excitation. There are two types of ex-
citation, one with a frequency close to the natural frequency of the structure and the other excites the
natural frequencies of the structure, e.g. a shock load. The criteria to judge whether a part of the crane
or an excitation is significant are as follows:

+ Is the natural frequency of the part of the structure in the order of magnitude of the frequency of
the vibration that occurs?

* Is the frequency of excitation in the order of magnitude of the natural frequencies of the structure?
» Does the excitation excite the natural frequencies of the structure?

The first criterion corresponds to the structure and the last two correspond to the excitation. If a criterion
is answered with yes, then the dynamic effect or part of the structure should be taken into account in
the dynamical model. In addition, a relative error of 5% is accepted, for engineering.

2.2. Components

Figure 2.1 shows the main components used for the slewing motion. Here, the motors receive their
power from the generator on the vessel. A rectifier and an inverter transform the power from the
generator, such that the right frequency and voltage is sent to the motor. The motor has two outgoing
shafts, one connected to the disk brake and the other drives the gearbox. The disk brake is used to
keep the crane stationary. The gearbox drives the pinion, which drives the slewing ring. The crane
house is assembled on top of the slew bearing. The crane house and boom are linked via a pivot.
Finally, the boom transports the tackle with load during the slewing motion.
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Diesel generator Rectifier

Electric motor
Brake

Gearbox Pinion and slewing ring

]
o

gy

Tackle with load Crane

house

Figure 2.1: Main components used during slewing. The the rectifier and inverter transform the power from the generator for the
motor. The motor drive the slew bearing via a gearbox and pinion. The crane house is built on top of the slew bearing and the
boom is linked with a pivot to the crane house
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Currently, the generator is typically either a diesel of LNG generator, depending which is present on
the vessel. Batteries might replace the diesel and LNG generators for future vessels. A flywheel, bat-
teries or super capacitors are used for peak power. The generator delivers a three-phase AC voltage.
The rectifier transforms AC to DC with the desired voltage. The inverter uses pulse width modulation,
with a switching frequency in the order of a few kHz, to transform DC back to AC with the desired
frequency. Thus, the purpose of the generator, rectifier and inverter is to create the right voltage and
frequency as input for the electric motor. This thesis considers a three-phase asynchronous motor,
also called an induction motor, which is regulated by a variable frequency drive (VFD). Typically, the
pedestal crane uses a three stage planetary gearboxes for the slewing motion. The slew drive system
consists of multiple inverters, brakes, motors and gearboxes.

2.3. Controller

Figure 2.2 shows the motor control scheme that Huisman uses for the slewing motion. The control
scheme divides the motors into two motor groups. Each motor has its own inverter and droop control
in case of large projects, meaning motors with more than 60 kW, which is the case in this thesis. The
crane operator requests a velocity set-point, Speed. The velocity first goes through a ramping function,
Ramp, to create a s-curve of the requested velocity. An offset is generated based on the required
torque, which is translated into a speed offset via the droop control. Appendix D shows an example of
this droop control to compensate the play. The speed offset is subtracted from the desired velocity of
one group and added to the desired velocity of the other group to compensate the play in the gears.
The principle of the play compensation is that both groups deliver a counteracting torque, such that the
gears are always under tension. Using this principle, the play is pressed out of the system as long as
the groups have enough capacity to deliver a counteracting torque. The details of play compensation
are given in Appendix B, which also shows an enlarged version of Figure 2.2.

Play compensation

Speed

Torque offset

Pl VFD
— To'q“e>l> » Motor |n]

2%

Pl VFD
— Torq“e>|> » Motor |~

2%

Figure 2.2: Control scheme of the slewing motors. The speed input goes through a ramp function to create a s-curve. A speed
offset is generated such that the play in the system is compensated. The Pl-controller calculates the required torque from the
speed error. The VFD translates the required torque to input of the motor.

Thus, the speed input consists of both the ramp function and the play compensation. The ramp
function creates a s-curve and the play compensation determines a speed offset to compensate the
play. Afterwards, this speed input is sent to the Pl-controller of the two motor groups. Encoders mea-
sure the motor speed and returns it to calculate a speed error. The Pl-controller translates this error
into the required torque. The VFD translates the required torque to the input for the motor. Further-
more, the k4., Creates a static speed offset by multiplying the normalised torque with a factor and is
elaborated in Appendix D. The aim of this static offset is to minimise the difference in delivered torque
in one motor group, while allowing some speed difference between the motors. In case one motor
delivers more torque than the other, it is slowed down to reduce its delivered torque.

A proper VFD has a time constant around 10 milliseconds, which is much quicker than the natural
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frequencies of the system. Therefore, the VFD will not influence the dynamics of the drive system
significantly. The droop control creates a static speed offset depending on the torque of each motor.
As long as the system has no significant deviations, which is assumed in this thesis, this offset remains
static. Consequently, the droop control on the motors does no influence the dynamics. Play compensa-
tion is applied to prevent the crane going through its play. This has a large benefit, because it reduces
the shock load in the system caused by backlash.

2.4. Motor with source and load sharing characteristics

An asynchronous motor contains electrical dynamics, namely, two electromechanical frequencies as a
result of the inductances in the motor. This thesis assumes that the power electronics and the control
work properly. This means that these electromechanical frequencies do not influence the dynamics
significantly as long as this assumption holds.

The generator sends the power to the motor with with a rectifier and inverter in between. The
switching frequency of the pulse width modulation in the inverter is in the order of a few kHz, which is
far outside the frequency range of the occurring vibrations. A modern diesel generator and rectifier have
the ability to deliver a smooth AC and DC voltage, respectively. Therefore, the generator, rectifier and
inverter do not influence the dynamics of the system, as long as the power electronics work properly.
With an eye on the future, the diesel generator might be replaced with batteries, which also have the
ability to deliver a smooth voltage as long as the power electronics and the controller work properly.

Multiple motors are used for the slewing motion and controlled in such a way that the slewing load
is shared and the effects of gear play is minimised. The load sharing characteristics are analysed
of multiple pinions driving a cutter head by Wei et al. [22]. The analysis for the slew drive system is
essentially the same, because the slew drive system is also a large ring gear driven by multiple motors.
Between the ring and the motors are gearboxes with a spring like behaviour. The analysis is performed
by solving the equations of motion obtained from Figure 2.3. The authors state that each drive can
deliver a slightly different torque, causing an uneven load distribution, the following two causes are
discussed:

* It is impossible to create exactly the same drives, meaning, there will be some small deviation in
the inertia of the motor and the stiffness of the gearbox, among other things

» The gearbox has a time varying mesh stiffness, which is elaborated in section 2.6

The deviation between separate motors and gearboxes is assumed to be negligible during the design
phase. The play compensation creates a torque offset between the two motor groups on purpose.
Therefore, the load sharing between the two groups influences the dynamics significantly as a result
of the play compensation.

Ring gear

Figure 2.3: lllustration multiple pinions driving cutter head ring [9]
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Thus, the electrical dynamics can be neglected in this thesis. The motors are rotating masses,
which share the load according to the control functions.

2.5. Brake

Normally, a disk brake is used in cranes, which consists of rotating and stationary plates, as shown in
Figure 2.4. During braking, these plates are pressed together such that a large frictional force acts on
the system.

Figure 2.4: Disk brake obtained from Stromag

The electric motors are used as brakes during normal operation. The disk brakes are used to
statically hold the load, the moment that the crane is stationary. These brakes are used as dynamic
brakes only in case of a complete electrical power failure. The crane needs to come to a halt as quickly
as possible during this emergency. Therefore, the brake will deliver a large torque. This can resultin a
large impact on the structure, which can excite its natural frequencies.

In addition, it is possible that the plates of the brake are not evenly pressed against the stationary
plates. Consequently, the load distribution is asymmetric. In this case, shear forces are induced in the
shaft on which the brake is assembled. These shear forces can cause the shaft to bend. Vibrations
can occur in the shaft as a results of the time variety of the shear force.

The specifics of the dynamic effects of the brake is outside the scope of this thesis. Thus, this thesis
assumes that the brake can be simplified as a rotating mass, which can deliver a torque on the motors.

2.6. Gearbox and pinion with slewing ring

Helsen et al. [7] created different models of a multistage planetary gearbox used for wind turbines
with increasing complexity. The authors state that the following dynamic effects from the gearbox can
influence the system:

* Inertia of the gearbox
» Gear mesh stiffness
* Backlash

The gear mesh stiffness is the equivalent stiffness as a result of the finite stiffness of the gear teeth.
Backlash occurs as a results of play between the gear teeth, which is visualised in Figure 2.5. There
is play in both the gearbox and between the pinion and the slewing ring gear. Therefore, backlash can
occur and lead to shock loading in the system. A structure will vibrate at its natural frequencies as a
result of this shock load.
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Figure 2.5: lllustration backlash with Ay [16]

Besides backlash, the gearboxes and pinions experience more nonlinear dynamics, which are anal-
ysed by Wang et al. [21]. They created a simplified gear model, as shown in Figure 2.6. They conclude
that the gear mesh stiffness, as described above, also has a time varying contribution. Figure 2.7
shows the time variety of the mesh stiffness, mainly as a result of different number of teeth in contact.
The time varying mesh stiffness is approximated using the first harmonic Fourier series [9]. The num-
ber of teeth in contact varies between two and three teeth. Thus the average stiffness is two and a
half times the single tooth stiffness and varies approximately between two and three times the single
tooth stiffness. Therefore the amplitude of the first harmonic is approximated as 20% of the average
stiffness. The time varying stiffness can be approximated by: [9]

ko mesn(T) = kmesn(1 + 0.25in(27 finesnT + Pmesn)) (2.1)

Here, k,.sn is the average mesh stiffness. The friction between the teeth results in a decreasing
efficiency of the gearbox. The author state that the friction between tooth faces contribute insignificantly
to the dynamics compared to the gear mesh stiffness and backlash. Therefore, this is negligible for a
dynamical model.

Figure 2.6: lllustration of a simplified dynamic model of gears [21]
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Figure 2.7: Mesh stiffness as a function of the gear angle [17]

The mesh frequency in a planetary gearbox is determined from kinematic relationships as a function
of the rotational velocity of the sun gear, f;: [17]

Z. 7,

fmesn = mfs (2.2)

and the mesh frequency of the pinion is determined by: [17]

fmesnh = prp (2.3)

Table 2.1 gives the numerical data of typically used gearboxes and pinions and an average frequency.
The mesh frequency of the pinion is 1.2 Hz and the mesh frequency of the gearbox is 150 Hz.

Z. | 110
Zs | 8

fs | 20Hz
Zy | 12

fp | 0.1 Hz

Table 2.1: Numerical data to determine the mesh frequency of the gearbox and pinion

Thus, the dynamic effects present in both the gearbox and the pinion are as follows:
* Inertia of the gearbox
» Backlash

 Time varying mesh stiffness

2.6.1. Comparison of play contribution from the gearbox and pinion

The play of the gearbox and the play of the pinion are compared to find whether one or the other
is negligible. Appendix A provides an approximation of the play in the gearbox. Here, a range of
gearboxes are shown with a transmission ratio in the range of 60 and 550. The play of these gearboxes
on the outgoing axis is between 0.09°and 0.15°. The play of the pinion is approximated using the
manufacturing tolerances, which are a play between 2% and 4% of the module of the pinion. This
number is divided by the radius of the pinion to obtain the play in terms of rotational play. Typically,
the module is 24 millimetres and the radius of the pinion is 180 millimetres. Thus, the pinion play is
typically between 0.15° and 0.31°. The play in the gearbox and the pinion play is in the same order of
magnitude. Therefore, both contributions should be considered.

2.6.2. Comparison of stiffness of the gearbox and pinion

The stiffness of the gearbox and the pinion are compared as two springs in series. Therefore, the
component with the smallest stiffness is the dominant term. Appendix A shows that the stiffness of the
gearbox is in the range of 10 to 40 MNm/rad on the outgoing axis. Liang et al. [17] provided a method
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to approximate the mesh stiffness of the pinion analytically. The following two contributions are the
most significant to the stiffness of the pinion: [17]

» Hertzian contact stiffness

* Bending stiffness

According to the Hertzian law, the elastic compression of two isotropic elastic bodies can be approxi-
mated by two parabolic bodies in the vicinity of the contact point [17]. Figure 2.8 visualises the contri-
bution of the Hertzian contact stiffness to the deformation of a gear on the left and the contribution of
bending of the tooth is shown on the right with its cross section.

Tooth
bending
1= 7 Cross section
I 1
P Y b,
F H
NN —
Cylinder X F, | 1
Circular I I L
groove I I i
| P B . ................ X
h, I I
I |
\contact bt '
Deformed ] 1
surface VF W
NN N N\ N\

Figure 2.8: Two contributions to pinion stiffness. On the left deformation, §.ontace, @s a result of Hertzian contact stiffness and
on the right deformation, Spenaing, @s a result of bending stiffness

The deformation of a tooth as a result of the Hertzian contact stiffness is determined by: [17]

4F (1 —v?)
Scontact = tT[E—bt (2.4)
and the deformation as a result of the bending stiffness is calculated by: [24]
F.h3 F.h3 4F.h}
5bending = 3Etvlt ~ — =—" (2.5)

vy 3E—Lb}  ELeb?

These two contributions to the total deformation are in series [17]. The rotational deformation of the
pinion as a result of the deformation of the teeth is determined using geometry. The rotation of the gear
equals to the deformation of the teeth divided by the radius of the gear. Thus, the rotational deformation
of the pinion is determined by:

Scontact + 5bending (26)

p

As mentioned before, on average 2.5 teeth are in contact. Therefore, the average torque delivered
by the pinion, T, equals to 2.5 times the force on one tooth times the radius of the pinion. Thus, the
stiffness of the pinion can be approximated by:

0, =

r T 2.5Fr, 252 wEL.b} 2.7)
= —= 0¥/ = /.07, .
6.p Qp 5contact+5bending p 4.(1 — VZ)Ltb? + 41-[}1?
p

Table 2.2 shows the numerical data to determine the stiffness of a commonly used pinion. The stiffness
is calculated to be 713 MNm/rad, which is much larger than the stiffness of the gearbox (between 10
and 40 MNm/rad). Therefore, the pinion can be assumed to be infinitely stiff compared to the gearbox.
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v | 03

Ly | 200 mm
7, | 180 mm
he | 50 mm
b | 70 mm

Table 2.2: Numerical data to determine the stiffness of the pinion

2.7. Crane house

The crane house is loaded in torsion via the rotation of the boom and in bending due to the wire rope at
the top of the crane house. During slewing, the force in the wire rope is static, while the rotation of the
crane house is dynamic. Therefore, only the rotational dynamics of the crane house are considered.

The crane house is simplified as a thin walled hollow cylinder. Figure 2.9 shows a schematic repre-
sentation of the crane including the dimensions. Here, D,, is the average diameter of the crane house
and hy;,.; is the height from slewing axis to pivot connecting of the boom.

<
<«

L

projected

'\C(

1T
| rpivot h

/7177

Figure 2.9: Schematic representation of the side view of the crane including the dimensions used during the calculations

pivot

The rotational inertia of the crane house is approximated using the thin walled hollow cylinder ap-
proximation and can be calculated as follows: [24]

1 2
Jn = ZMhDh (2.8)

The rotational stiffness of the crane house is calculated by: [24]

Glh T GD}?{th

kon = A (2.9)

pivot 8 hpivot

Table 2.3 shows the numerical data of the crane house of the crane used during this thesis. Here,
the inertia of the crane house is 2.52 - 10° kgm? and the rotational stiffness is 34.9 GNm/rad. The
natural frequency of the crane house is approximated by: [24]

1 fkg,h
fn,h‘% T (2.10)
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and is determined to be approximately 59 Hz.

Parameter | Value

My, 138000 kg
Dh 27 m

G 81 GPa

th 0.12m
hpivot 215 m

Table 2.3: Numerical data of the crane house

2.8. Boom

Figure 2.10 represents the lattice boom structure schematically and on scale. This shows the three
main loading terms, which are the following:

» The slewing moment, M,,,,, as a result of the slewing motion
* A lateral force, F,,4, as a result of the swinging motion of the load
» A compressive load, F., as a result of the mass of the load and the boom angle

The distance from the centre line of the boom to the cords is significantly larger than the average
distance over the length of the boom from the bracings to the centre line. In addition, both the outer
diameter and the thickness of the cords are typically more than 1.5 and 3 times as large with respect to
the bracings, respectively. Therefore, the contribution of the parallel axis theorem is much larger of the
cords than the bracings. As a result, the cross section is simplified by considering the cords only, as
shown in Figure 2.11. The following equation approximates the area moment of inertia using the cross
section: [24]

Y
Lyyp = 7¢Oy = dp) + mwi (D — df) (2.11)
Figure 2.10 shows that the distance from the centre line of the boom to the middle of the cords vary
over its length. The total width (equals to 2w,) of the most left part of the boom is 4500 millimetres,
while the most right part has a total width of 1830 millimetres. Consequently, the area moment of inertia
1, , varies significantly over the length of the boom, which influences the bending rigidity of the boom
over its length.

- JAVAVAY L
slew I:Ioad

Figure 2.10: Schematic representation of a boom with lattice structure including the loading terms, the slewing moment Mg,,,,
the force from the swinging of the load, F;,,4 and the compressive load from the weight of the load, F¢

The boom shown in Figure 2.10 has a length of 46.6 metres and a ratio length over width between
10 and 25 depending on the location on over its length. Therefore, the length is significantly larger than
the width, hence, beam theory is applicable. In addition, the deformation of the boom remains small,
meaning small angle approximation holds. Thus, linear beam theory is applicable.

The natural frequencies of the boom can be approximated by simplifying the boom as a homoge-
neous beam while using the average width, wj,. The equivalent lateral bending stiffness of a homoge-

neous beam can calculated using: [24]
3EI

,b
ksp = —5— (2.12)
b
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Figure 2.11: Simplified cross section of the boom

and the equivalent rotational inertia of the boom around the slewing axis is approximated by: [24]

1
Mb((ZWb)Z + Lgrojected) + MbrCZOG (213)

]b=§

The natural frequencies of the boom can be determined by the following equation: [15]

2 |EIl
=2 |Zb (2.14)
2n MbL%

fn,b

In this equation, the first three values for y, are considered to calculate the first three natural frequencies.
The first three values are: [15]
1.875
v, = |4.694

7.855

Table 2.4 shows the numerical values of the crane with a boom angle of «° and Table 2.5 shows
the first three natural frequencies corresponding to the first three bending modes of a beam, which are
visualised in Figure 2.12

Parameters | Value Parameters | Value

Wy 147 m M, 81047 kg

Dy, 267 mm | n, 3.6m

dp 227mm | a 50°

E 210 GPa | Lyrojectea Lycos(a)

Lb 46.6 m Tcoc rpivot + %Lprojected

Table 2.4: Numerical values of the case study

Bending mode | Natural frequency [HZz]
1 1.0

2 6.5

3 18.3

Table 2.5: First three natural frequencies of the boom modelled as clamped beam
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Mode 1 Mode 2
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Figure 2.12: First three bending modes of a beam corresponding to the first three natural frequencies. Here, top left is the first
natural frequencies, top right, the second and left below the third one

Valle et al. [20] analysed the consequences of a beam under compression on its natural frequencies.
They concluded that the natural frequencies of a beam can decrease when it is subject to compressive
loading, F;, and can be calculated with the following equation:

’ e
fac(Fe) = fap [1— o (2.15)

Here, F,, is the critical buckling load and f,, is the natural frequency without compression, as calculated
by Equation 2.14.

Now, the change in natural frequency is calculated when the compressive load is considered to find
out whether this has a significant influence. The critical buckling load, F_,., is calculated as follows: [24]

7T2EI b
= (2.16)
b

This equation holds when linear beam theory is applicable, which is the case for the boom. The critical
buckling load is calculated to be 287 MN, when using the numerical values given by Table 2.4. The
maximum allowable axial force for this boom is 8.5 MN, which means that the maximum value of

1- £ is0.97. Thus, the natural frequencies of the boom decrease with less than 3% as a result of

cr

the compressive load, which is insignificantly small.

2.9. Tackle with load

Figure 2.13 shows a schematic top view of the crane with a load at the tip of the boom. Here, the two
directions of motion of the load are shown, namely offlead and sidelead. The dashed line represents
the path of the load during slewing. This shows that the main motion of the load during slewing is in
the sidelead direction. Therefore, offlead can be neglected.

The load can be simplified as a single or double pendulum, as shown in the left and right of Fig-
ure 2.14, respectively. A model with the double pendulum motion has the added value that the posi-
tioning of the lower block or e.g. a monopile can be modelled. This is relevant, because the pedestal
crane on the Sleipnir showed that the lower block could not be positioned accurately as a result of the
vibrations in the crane.
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\ . Sidelead

. Offlead

Figure 2.13: Top view of the crane with the load as a solid dot on the right, the boom as a straight line in the middle and the
slewing ring as a circle on the left. The dashed line represent the slewing path
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Figure 2.14: Schematic representation of the load as a single pendulum (left) and as a double pendulum (right)

The following equation approximates the natural frequency of a single pendulum: [24]

1 |g
fn,l - E Lwr

(2.17)

The suspended length of the load, L,,,, is variable and typically more than 5 metres. Therefore, the
natural frequency of the swinging motion remains lower than 0.2 Hz. The load also consists of the
double pendulum motion. The length of e.g. a lower block can be much less than the suspended
length. A rough approximation of the natural frequency of the lower block itself is by simplifying it as a
single pendulum, hence neglecting the wire rope to which it is connected. Typically, the length of the
load is less than 1 metres, which means a natural frequency of 0.5 Hz, when calculated with (2.17).
The distributed mass and the connection with the wire rope results the natural frequency to be a bit
higher [6]. Therefore, it can be expected that the natural frequency of the double pendulum remains
less than 1 Hz.

2.10. Comparison dynamic effects and conclusion

Section 2.7 showed that the rotational inertia of the crane house equals to 2.52-10% kgm?. The rotational
inertia of the boom is lowest at its maximum boom angle of 80°and equals to 5.23 - 10¢ kgm?. Even
at the highest boom angle, the relative deviation between the inertia of the crane house and boom is
4.8%. Thus, the inertia of the crane house is negligibly small compared to the inertia of the boom.
The inertia of the brake, electric motor and gearbox are shown in Table 2.6. Here, the relative
deviation is defined as the deviation between the inertia of the whole drive line and only the inertia of
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the motor. This relative deviation is 7.5%, which means that the inertia of all three components should
be considered.

Component | Inertia [kgm?]
Motor 1.08

Brake 0.037
Gearbox 0.05

Table 2.6: Inertia of separate components in the drive line

The inertia of the drive line on the fast axis of the motor is 1.17 kgm?. The transmission ratio of the
gearbox is 215.4 and the pinion is 12.7. The inertia of the drive line on the rotating axis of the boom
equals to 1.17(215.4-12.7)? = 8.76 - 10° kgm?. The rotational inertia of the boom is between 5.23 - 10®
and 7.32 - 107 kgm?, depending on the boom angle. The inertia of the drive line and the boom are in
the same order of magnitude. Thus, both should be considered.

The stiffness of the gearbox results in a natural frequency between the drive line and the boom. The
drive line and boom are two rotating masses with the gearbox as stiffness in between, as visualised in
Figure 2.15. This figure simplifies the boom as a rigid body. On the right of this figure, the system is
simplified such that the natural frequency can be determined with: [24]

1 /kg,g,,
fgp = 5 Jed (2.18)

In this equation, the equivalent inertia, /.4, is calculated as follows:

1
]eq = -1 1 (219)

Jdriveline Ib

The gearbox considered in this thesis has a stiffness of 6900 kNm/rad on the outgoing axis of the
gearbox. This means that the stiffness of the gearbox equals to 6900 - 12.72 = 1.11 - 10° kNm/rad
after the transmission ratio of the pinion. The boom angle is 50° in this case to use an average boom
angle. This leads to an equivalent inertia, /.4, of 6.96 - 10 kgm? and a natural frequency of 2.0 Hz as
a result of the gearbox stiffness.

Jdriveline Jbcu::m J
eq

k

b
gearbox kgearbox

Drive line Boom

Figure 2.15: Schematic representation of the crane as two rotating masses (left) representing the drive line and the boom
respectively. On the right the equivalent system to determine the natural frequency as a result of the gearbox stiffness

The occurring vibrations are in a frequency range of 1 and 10 Hz, as stated in section 2.1. Table 2.7
shows the frequencies present in the system, and the following can be concluded:

» The mesh frequency of the gearbox is outside the range of the occurring frequencies
» The natural frequency of the crane house is outside the range of the occurring frequencies

» The natural frequency as a result of the gearbox stiffness and the natural frequency of the boom
are in the range of the occurring frequencies
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» The natural frequency of the swinging of the load is too small to cause vibrations

» The natural frequency of the double pendulum can be excited as a result of the occurring vibra-

tions

The pedestal crane on the Sleipnir also showed that the lower block was vibrating as a result of the

vibrations in the boom.

Dynamic effect of component Frequency [HZ]
Mesh frequency gearbox 150

Natural frequency crane house 59

First three natural frequencies boom 1.0; 6.5; 18.3
Natural frequency caused by gearbox stiffness 20

Natural frequency of the swinging motion of the load | < 0.2

Natural frequency double pendulum <1.0

Table 2.7: Summary of frequencies in the system

Table 2.8 summarises the dynamic effects present and which ones should be included in the model

to predict vibrations in a crane.

Component Dynamic effect Consider in model?
Controller Pl-control Yes
Play compensation Yes
Ramp function Yes
kdroop No
VFD No
Motor with source and Inertia Yes
load sharing characteristics | Electrical dynamics including the source | No
Load sharing characteristics Yes
between two motor groups
Brake Inertia Yes
Time varying braking torque No
Gearbox and pinion Inertia Yes
Gear mesh stiffness of the gearbox Yes
Gear mesh stiffness of the pinion No
mesh frequency No
Backlash Yes
Crane house Inertia No
Stiffness No
Boom Inertia Yes
Variable bending stiffness Yes
First few lateral bending modes Yes
Torsion Yes
Decreasing bending frequencies
. No
from the compressive load
Tackle with load Sidelead Yes
Offlead No
Double pendulum behaviour Yes

Table 2.8: Summary of dynamic effects including which to neglect and which to consider







Dynamical model and verification

This chapter discusses the software possibilities and the usage of the frequency and time domain in
section 3.1 and 3.2, respectively. Section 3.3 derives the equations of motion of the slew drive system,
boom and load separately and section 3.4 presents the verification of the mechanical model. Section
3.5 describes the motor control scheme. Finally, section 3.6 derives the final equations of motion to
give a mathematical description of the whole crane.

3.1. Software

There are two main types of programming environment that can be used, namely, multi body software
packages, e.g. Motion View and numerical computing environments like MATLAB. Table 3.1 presents a
few pros and cons of multi body software and numerical computation tools. Multi body software consists
of black boxes, which result in less feeling with the underlying dynamics and modelling choices. This
is a disadvantage, because it is desired to be able to model specific dynamic effects and to test the
significance of this specific effect.

Pros Cons

Multi body software Easy modelling possible Model consists of black boxes
Quick modelling Computation time
Lower probability to make mistakes

Numerical computation | Ability to model specific dynamics In depth understanding required
Computation time

Table 3.1: Pros and cons of multi body software and numerical computation software

This research aims to find out which dynamic effects should be modelled to predict the occurring
vibrations during slewing. Here, it is desired to be able to model specific dynamic effects and to test
the influence of individual effects. In addition, it is desired to be able to perform multiple tests in a
relatively short time. Therefore, numerical computation environmental is most suitable. This research
uses MATLAB, because this is both a powerful program and it is available.

3.2. Frequency domain and time domain

The models can be solved in both the frequency and time domain. The main advantages of the fre-
quency domain analysis are as follows:

» Computationally efficient
* Quick method to assess system response spectrum
 Provides natural frequencies and eigenmodes directly

The main advantages of the time domain analysis are the following:

21
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* Nonlinear terms can be included
* The transient response can be computed

The frequency domain is strong in quickly calculating the natural frequencies and the eigenmodes
in a system and is used for this purpose. However, it cannot include nonlinear effects, while the crane
consists of nonlinear dynamics, like backlash. Therefore, time domain simulations are also required.

3.3. Model of the mechanical system

Numerical computations require a set of equations of motion of the crane. The crane has quite a lot
of degrees of freedom, which leads to a large set of equations. Therefore, the mechanical system is
broken done into three subsystems, which are the:

+ Slew drive system
+ Boom
» Suspended load

An additional advantage of breaking up the system is that these subsystems can be verified separately
using analytical comparisons. After creating these separate models, the interaction between the models
is derived using the finite element matrix assembly method. Chapter 2 presented the dynamic effects
that should be included in these separate models. Figure 3.1 and Figure 3.2 show schematically the
top and view of the crane, respectively. Here, on the left, the crane house with six motors are shown,
in the middle the lattice boom structure and at the right the load.

< JAVAVA

Figure 3.1: Schematic top view op the crane

AV,

Figure 3.2: Schematic side view op the crane
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3.3.1. Slew drive system
The slew drive system for the slewing motion consists of the following dynamics, which follow from
chapter 2:

* Inertia of the motors, gearboxes and brakes
* Load sharing characteristics

« Stiffness of the gearbox

» Backlash of the gearbox and pinion

Figure 3.3 represents the slew drive system schematically. Here, two motors are shown, in reality,
there are N,, motors, which typically is 6. The spring, kg, ;, and damper, cy;,;, represent the gearbox
and the spring includes backlash, A,.

Crane
house

Gearbox

Slewing
motor

Backlash

Figure 3.3: Schematic representation of the slew drive system

The equations of motion of the three rotating bodies shown in Figure 3.3 are derived using the
displacement method. The equation of motion of motor group i is given by:

Jm,iOmi = ko,gb,i(On — Om;) + Co.gb,i(On — Omyi) (3.1)
Here, i is the number of the motor group. The equation of motion of the crane house is:

Nm Nm
Jnbn = Z kgp,i(Omi — On) + Z gbnOmi — On) (3.2)
i=1 i=1

These two equations can be translated into the mass and stiffness matrix for a variable number of
motors. The mass matrix is given by:

0
P 0
[My] = - 0 (3.3)

o O o O

JmNp,

0  Jn

cooc ol
co ol o
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and the stiffness matrix is given by:

kgb,l 0 0 _kgb,l
0 kgpa - 0 —kgp2
[Kd] = 0 0 0 : (34)
0 0 kgb_Ngb —kgb_Ngb
_kgb,l _kgb,z _kgb,Ngb Zpgf kgb,i

The damping matrix has exactly the same shape as the stiffness matrix. The damping in the gearbox
is highly complex and can be simplified by assuming a damping ratio of 3% [9].

Backlash changes the shape of the torque transmitted through the gearbox as a function of its
deformation, as visualised in Figure 3.4. Here, the region where the gearbox is within its play, the
gears are not in contact. This means that there is no torque transmitted and the stiffness is zero. The
torque transmitted by the gearbox with backlash is given by: [16]

Ap

kg (A6; — D), if AG; > A, (1 5g) 26> 4,
Ton,i(A6) = { kgni(A0; + Ay), if AG; < =Dy = kgpiA6; { (1+ £2), if A6; < A, (3.5)

In this equation T; is the torque transmitted through the spring with the subscript i which denotes the
ith gearbox, A8; denotes the difference between the rotational displacement of the crane house and
the it" motor. To use this equation with the equations of motion, it needs to be rewritten as follows:

Tygp,i(80) = kg :A6; (3.6)

Here, kg, is the stiffness of the gearbox with backlash included, as visualised in Figure 3.5 and is
given by:

(1—22), ifa6 >4,
Kgbi = kgpi | (1+5L), ifA6; < =1, (3.7)
0, else

0.5 8
g
g Of 1
o
|_
-05F 7
—No backlash
— With backlash
_1 L L L L
-1.5 -1 -0.5 0 0.5 1 15

A0 []

Figure 3.4: Torque in a spring as a function of the rotational difference between two gears with backlash in blue and without
backlash in red
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Figure 3.5: Transformed stiffness to include backlash in the springs. The stiffness is normalised and as a function of the nor-
malised rotational difference between two gears including backlash

3.3.2. Boom

The boom including fly jib during the slewing motion consists of the following dynamics, as given in
chapter 2:

* Inertia

+ Variable bending stiffness over its length

* First few lateral bending modes

+ Torsion with eccentric force cause by the fly jib

As mentioned in section 2.8, linear beam theory holds for the boom. In addition, it showed that
the third natural frequency of the boom is 18.3 Hz, which means that higher order modes will have
a natural frequency outside the range of occurring frequencies. As a result, only the first few natural
frequencies are required in the model of the boom. It is assumed that the cross section of the boom
remains perpendicular to the neutral axis. Therefore, the Euler-Bernoulli beam theory is sufficient for
the model of the boom [14].

The boom is modelled using multiple Euler-Bernoulli beam elements to model the first few bending
modes. Figure 3.6 shows the schematic side and top view of the boom. The axis system shown in this
figure corresponds to the rotating frame of the crane house. In this figure, the black dots represent the
nodes, which are connected to create the beam elements. The number of nodes is parametric in the
model, such that N,,,.s are modelled. The pivot connection of the boom with the crane house is stiff,
therefore, a clamped boundary condition at the most left node is used.

The mass and stiffness matrices corresponding to each element are derived using the method of
weighted residuals. The mass matrix of one beam element subject to lateral bending is given by: [8]

156 22L, 54  —13L,
mply | 220, 413  13L, —3I3

[Mbenaing] = 2507 54 131, 156 —22L, (3:8)
—-13L, -313 -22L, 4L}
and the stiffness matrix for one element subject to lateral bending is given by: [8]
12 6L, —12 6L,
Kyenaing] = 2| Ote 45 =Ly 2L (3.9)

3 |-12 —6L, 12 -6l
6L, 213 —6L, 4L?

The states in these matrices are [Viest, brefer Yrighe ¢right]T. Here, the elements are represented by
the left and right node of one element.
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Figure 3.6: Schematic representation of the boom from the side view on the left with the boom angle and on the right the top
view. The black dots denote the nodes (5 are shown) and each node has three degrees of freedom, y, ¢ and y. The axis of the
boom are given with x, y, z and rotates with the slewing motion and the axis of the crane house corresponds to the dashed axis
with Zp and Xp

The mass matrix of a beam element subject to torsion is calculated with: [8]

mpLyl 2 1
[Mtorsion] = b6/fbt’b [1 2] (3.10)
and the stiffness matrix by: [8]
GI 1 -1
[Ktorsion] = Lzb [_1 1 ] (3.11)

Here, also the left and right states are used and denotes by [V, 1/)right]T.

The matrices for bending and torsion are combined into one matrix by rewriting the states and
matrices. The final mass matrix of one beam element subject to lateral bending and torsion is given
by:

156  22L, O 54 —-13L, O 0 000 0O
22L, 413 0 13L, =313 O 000 O0O0O
_mbLb 0 0 0 0 0 0 mpLplepy [0 0 2 0 0 1
Mo = 250 | 54 13L, 0 156 —22L, of™ 64, [0 0 0 0 0 O (3.12)
-13L, -313 0 —22L, 4L} O 000O0O0TO
0 0 0 0 0 0 0 01 00 2
and the final stiffness matrix is given by:
12 6L, 0 -—12 6L, O 0 0o 0 0 0 O
6L, 43 0 —6L, 2L 0 00 0 00 O
El,| 0 0 0 0 0 0] GLp|O O 1 0 0 -1
)= |-12 -6, 0 12 —6L, 0|7 L, [0 0 0 0 0 o (3.13)
6L, 212 0 —6L, 4L; 0 00 0 00 O
0 0 0 0 0 0 0 0 -1 0 0 1

The states corresponding to these matrices are [yiere, drerer Wiefer Yrights Prighes Yrighel” -

Damping in the boom is mainly structural damping, because it is a large steel structure, hence
Rayleigh damping is applicable [3]. This states that the damping can be determined from the mass and
stiffness matrices:

[Cp] = ao[Mp] + a1 [Kp] (3.14)
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A boom is a large steel structure, which means that the damping mainly consists of structural damping.
Therefore, a, can be neglected and a, is calculated as follows: [3]

_ Zc(wn,z - wn,l)
- 2 2
Wp,2 + Wp,1

(3.15)

a;

As mentioned in section 2.8, the bending stiffness varies over the length of the boom. Therefore,
each element has its own bending stiffness corresponding to the average stiffness in the specific section
of the crane corresponding to the element. The elements are connected together with the finite element
matrix assembly method. Figure 3.7 shows how these elements are connected into one large matrix.
This figure shows a model with 5 elements and each square represent one element matrix.

5

Figure 3.7: Each square represent the matrix of one element. The separate element matrices are assembled into one large
matrix

The boom angle causes a rotation of the boom, as visualised in Figure 3.6. The first node of the
boom, i.e. the most left node, can be rewritten in terms of the rotation of the crane house, because
these nodes coincide. The kinematic relation of the degrees of freedom of these two nodes is related
as follows:

Y1 r
i=|¢p1|=0y|cos(a) (3.16)
Yy sin(a)

As a result of this relation, the first three rows and columns of mass, damping and stiffness matrix of
the boom can be merged by including the vector i. The stiffness matrix is transformed as follows:

U'[Kyq]i U'[Kyp]

K] = [K21]d  [K2] (3.17)

Here, [K11], [K12] and [K,4] correspond to the first three rows and columns and [K,,] corresponds to
the remainder of the stiffness matrix of the boom. The mass and damping matrix are transformed using
the same equation as for the stiffness matrix.

3.3.3. Load

According to chapter 2, the following should dynamics should be included in the dynamical model of
the load:

» Sidelead motion

* Double pendulum motion
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Figure 3.8: Schematic representation of the load

A schematic representation is given in Figure 3.8 with the two angles denoted as ; and ,. The top
of the double pendulum can move as a result of the motion of the boom.
The equations of motion are obtained via the Lagrangian method and written in matrix form [5]. The

mass matrix is given by:
M, MLy MLy,
[M] = |MiLyy M2, ZMiLyL (3.18)
MLy MLyl =ML

and the stiffness matrix of the load is given by:

0 0 0
[K]=|0 MgLy ) 0 (3.19)
O 0 EMlng

The states corresponding to the mass and stiffness matrix are [y,, B, B;]7. The damping in sidelead
direction equals to 0.5% of the critical damping [13].

3.4. Verification

3.4.1. Slew drive system
We verify the slew drive system using the following four verifications:

» A comparison between the natural frequency with an analytical formulation

* A comparison between the amplitude of the motors and crane house when subject to an initial
displacement

» A comparison between the motion with an analytically derived equation of the motion
» With backlash, the difference in displacement should be around the value of the play

Figure 3.9 shows the steps to simplify the model of the slew drive system to be able to derive the
natural frequency analytically. Here, the left shows the model of the slew drive system. The middle step
merges the motors and gearboxes into one equivalent inertia en stiffness using the parallel masses and
springs conversion, respectively. The last step is on the right, which shows one equivalent mass as a
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result of merging the equivalent mass of the motors and the mass of the crane house. This conversion
is calculated as masses in series and can be determined with:

1
]eq = 3 1 (320)

]eq,m Jn

The following equation determines analytically the natural frequency of the most right simplification:

[24]
Wy, = /NLICW’ (3.21)
]eq

Table 3.2 shows the numerical values on the fast axis of the motor. Note, this table shows that the crane
house has some inertia. However, this is negligible, according to chapter 2. This inertia in included
such that the mass matrix does not become singular. The analytical natural frequency equals to 5.1

eq

Crane house

keq,gb

Ceq,gb

Motors merged Crane house

Figure 3.9: On the left, the mechanical model of the slew drive system is shown, in the middle, the motors and gearboxes
are merged into one equivalent inertia and gearbox respectively with the inertia of the crane house connected to the gearbox
stiffness. On the right, the two rotating masses are merged into one equivalent inertia

Jm | 1.17 kgm?
kgp | 149 Nm/rad
Jn | 1kgm?

Ny, | 6

Table 3.2: Parameters used for the drive system

Figure 3.10 shows the response of the motor and the crane house when subject to an initial dis-
placement of the slew bearing of 0.2 rad. This figure shows that the natural frequency of the system
equals to 5.1 Hz, which is the same as analytically determined.

Figure 3.10 also shows a difference in amplitude between the slew bearing and the motors. This
is a result of the difference of inertia of the different components. The ratio of the displacement of the
motors and the crane house depends on the ratio of the inertia of both components and this ratio can
be determined as follows:

P ABKNp, N.J

—h = ]h = m

B 2k T T, (8:22)
]motor

The ratio equals to 7.0 and the ratio in amplitude in Figure 3.10 is 7.1, which is approximately equal to
the analytically derived version.

The next step is to compare an analytically derived function of the motion with the numerically
determined motion when the slew drive system is subject to a forced vibration. The numerical simulation
considers all six motors as shown in the model in the left of Figure 3.9 and the analytical formulation
corresponds the the middle of this figure. The torque applied on each motor is the following:

s

1
(1) = §sin(57), fort<10s (3.23)
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Figure 3.10: Response of the motors (blue) and slew bearing (red) when the slew bearing is subject to an initial displacement of
0.2 rad

The analytical function is found by solving the differential equation that describes the equations of
motion of the motors, which is given by:

Nm]mém + Nmkgb(em —6p) =T() (3.24)
The differential equation of the crane house is given by the following equation:
Jnbn + Nk gy (6, — 6) = 0 (3.25)

In these two equation, the damping is neglected, because this term is small compared to the spring
force. These two differential equations are solved in MATLAB using the function 'dsolve’. Table 3.2
shows the parameters of the equations, only. kg, is decreased to 1 Nm/rad because the deformation
of the spring is too small otherwise. The analytical equation of the displacement of the motors is:

6, = 03977 — 0.597sin (gr) (3.26)

and the displacement of the crane house is:
T
6, = 0.3977 — 0.637sin (g‘[) (3.27)

The difference in amplitude results in a difference in displacement between the motors and the crane
house. This is expected, because the spring needs to be under tension to transmit torque from the
motors to the crane house.

Figure 3.11 shows the displacement of the motors and the crane house both numerically and ana-
lytically. This figure shows that the analytical solution coincides with the numerical solution.

The results until here excluded backlash in the slew drive system. Figure 3.12 shows the difference
in displacement between the crane house and one of the motors when backlash is included and the
same torque as (3.23) is applied. Figure 3.13 shows the corresponding torque transmitted through one
gearbox. These two figures show the following:

* The displacement oscillates around the gear play
» The torque is zero when the gears are not in contact
* The torque suddenly increases when the gears go through their play causing a shock load

These three points are expected, because there should be no torque transmitted when the gears are
not in contact. In addition, there is an impact when the gears mesh, which causes a shock load.

The four verifications show that the numerical model behaves as expected. Therefore, the model
of the slew drive system simulates the dynamics included correctly.
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Figure 3.11: Displacement of the numerical calculation of the motor (blue) and the crane house (red) when subject to a prescribed

torque. The dashed black line shows the displacement calculated analytically
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Figure 3.12: Difference in displacement between slew bearing and motor in blue and in red the play
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Figure 3.13: Torque transmitted by one gearbox when the system has backlash and a torque is applied on the motors and is

given by (3.23)
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3.4.2. Boom
Section 2.8 provides the first three natural frequencies of the boom analytically, which are compared
by calculating the natural frequency of the numerical boom model in frequency and time domain.
Figure 3.14 shows the response of the displacement of the tip of the boom when it is subject to an
initial displacement of 50 millimetres. An initial displacement excites the first few natural frequencies
of the boom. This figure shows many frequencies the first second. Most damp out quickly and two
dominant vibrations remain in the boom, which are given in Table 3.3. This table also shows the
analytically derived natural frequencies from section 2.8 and the natural frequencies determined in the
frequency domain.

0.03

0.02 i

0.01

Displacement [m]
o
|

20.03 | I I | | | | I I
0 1 2 3 4 5 6 7 8 9 10

Time [s]

Figure 3.14: Simulation of tip of the boom when subject to initial displacement

Natural frequency [HZz]

Bending mode | Analytical | Frequency domain | Time domain
1 1.0 1.0 1.0

2 6.5 6.5 6.5

3 18.3 18.3

Table 3.3: Numerically obtained natural frequencies of the boom corresponding to the first three bending modes when solving
the model in the frequency domain

Table 3.3 shows that the natural frequencies determined in the frequency and time domain corre-
spond with the analytically derived natural frequencies. Thus, the model of the boom includes the right
frequencies.

3.4.3. Load
The verification of the load is performed by comparing the displacement and frequency of the load of a
time simulation to analytically derived frequency and displacement.

The frequency is calculated by assuming a single pendulum and is calculated according to (2.17).
The theoretical maximum displacement is calculated by assuming that all the kinetic energy is trans-
formed into potential energy. This can be calculated using:

1
“Myy" = Mghh = Mgl (1 - cos(f,) (3.28)

This can only be used if the duration of acceleration is significantly smaller than the natural period of
the load. In this equation y, represents the horizontal velocity of the top of the wire rope. This equation
is rewritten to obtain the angle B;, which is given by:

.2
_ Vb
=cos | 1- 3.29
A ( Zngr> ( )
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The time simulation accelerates the load in 1 second from 0 to 1.75 m/s. In addition, the length of
the wire rope is set to 60 metres. Thus the maximum theoretical displacement is 4.1° and the period
of oscillation should be 15.5 seconds. The results of the time simulation is shown in Figure 3.15. Here,
the blue line represents £; and the red line 8,. The two dashed black lines show the limit when the
load is modelled as a single pendulum. This figure shows that the displacement comes close to the
theoretical value, which is expected because the duration of the acceleration is much smaller than the
natural period of the load. In addition, the swinging period, which is 15.7 seconds, corresponds to the
natural period. The second angle 3, oscillates around g; as would be expected. Thus, the model of
the load responds according to the expectations.

Displacement [degrees]

Figure 3.15: Displacement of the load subject to acceleration from 0 to 1.75 m/s in 1 second

3.5. Controller

The following components of the controller should be included in the model according to section 2.10:
* Pl-controller
* Ramp function
» Play compensation

Figure 3.16 shows the simplified motor control scheme implemented in MATLAB to control the two
motor groups. This scheme shows that the desired speed goes through the ramp function to create a
s-curve. The actual speed of both motor groups is subtracted from the s-curve to create the speed error,
which is the input for the Pl-controller. The Pl-controller determines the required torque from the speed
error. The torque from both motor groups is averaged and the torque offset determines the torque that
is subtracted from one group and added to the other group to compensate the play. Essentially, the
play compensation maps the torque that is sent to the motor groups according to Appendix B. Thus, the
torque determined by the Pl-controller plus or minus the torque offset is the input torque that is applied
on the two motor groups.

In MATLAB, the play compensation was initially switched off to check whether the Pl-controller
determines the correct torque such that the motors follow the s-curve. Figure 3.17 shows in red the
s-curve and in blue the simulated response of one of the motor groups. This shows that the response
follows the s-curve well, but with some delay. This delay is expected, because the Pl-controller only
calculates a torque when there is a speed error.

The next step is to switch on the play compensation, while including an external force that represents
the swinging motion of the load. Figure 3.18 shows the torque delivered by both motor groups and the
average torque when the crane accelerates from 5 to 9.4 seconds. Here, the black line is the average
torque and the blue and red line represent the torque delivered by group 1 and 2, respectively. The
vertical axis represents the torque delivered by the motors as a percentage of the rated nominal torque,
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Figure 3.16: Simplified control scheme as implemented in MATLAB
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Figure 3.17: Velocity of crane (blue) when controlled by Pl-controller including ramping function (red)

T,00- During the first two seconds, the gears are being put under tension and after 2 seconds, the play is
pressed out of the system. Five points were taken to see if the groups deliver the torque corresponding
to the play compensation as presented in Appendix B. Table 3.4 shows these five points including the
average torque required and the torque delivered by group 1, T;, and group 2, T,, with their expected
values, in percentages of T;,,. Both motor groups deliver the torque as would be expected from the
play compensation.

Time [s] | Average torque [%] | Ty [%] | Tiexp [%] | T2 [%] | Toexp [%]
3.0 0 10 10 -10 -10

6.2 48 92 93 0 3

8.2 57 87 88 24 24

12.4 18 46 46 -10 -10

19.6 -18 10 10 -46 -46

Table 3.4: Five random points taken from the torque in the gearbox with play compensation to check if the two motor groups
deliver the torque according to the play compensation
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Figure 3.18: Torque required per motor group (black) and torque delivered per group (blue and red)

3.6. Final model

The final model consists of the combination of the three mechanical models and the controller. The
method of finite element matrix assembly creates the interaction between the three mechanical models
to obtain the set of equations that describe the motion of the whole crane.

Figure 3.19 shows schematically the nodes of the slew drive system and the boom. This figure
shows an example of the number of nodes chosen, namely, 2 motor groups are modelled and a boom
with 5 nodes. In the model, the number of motor groups modelled and the number of nodes of the
boom are parametric. A pivot connects the boom and the crane house. Therefore, the first node of
the boom, node 4, can be rewritten in terms of the rotation of the crane house, which is node 3, as
explained in section 3.3.2. Figure 3.20 shows the three nodes of the load. The displacement of the 9¢"
node equals to the lateral displacement of the 8t" node of the boom, ys.

=

{6\ Ps

® ® 0 ©®

Figure 3.19: Schematic representation from the top with the nodes shown in circles. On the left, the slew drive system is shown
and on the right the boom

The matrices of the separate mechanical models are assembled into one large matrix and the ele-
ments of the overlapping degrees of freedom can be added together. Figure 3.21 visualises the three
separate matrices assembled into one large matrix, with the degrees of freedom on the right. In this fig-
ure, the top left in blue represents the matrix of the drive system, the grey area corresponds to the boom
and the orange right below is the load. Two degrees over freedom overlap, hence the corresponding
elements can be added together and these elements are:

* D + B on location 3x3 in the matrix, which is the interaction between the drive system and the
boom, i.e. 6,

* B + L on location 13x13 in the matrix, which is the interaction between the boom and the load,

At these places, the elements of the matrices can be added together.
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B,

Figure 3.20: Schematic representation of the nodes of the load connected with the boom

B+L yS
Ps
¥s
B,
B,
Figure 3.21: Table showing how the three mechanical models are assembled in one matrix. The blue matrix corresponds to the

model of the slew drive system, the grey matrix to the boom and the orange matrix to the load. There are two places where the
individual matrices overlap, at 3x3 and 13x13

The controller determines the required torque per motor group, which is applied on each of the two
motor groups. Appendix C describes shortly the steps taken to implement the model in MATLAB.

Verification

Figure 3.22 shows a time simulation of the final model. This shows the rational velocity of the motors,
the crane house and the boom located at the middle and at the tip with the input velocity from the ramp
function. The velocity of these components are translated into the rotational frame of the crane. The
motors, crane house and boom should follow the same rotational velocity over time, because these
components are linked together. Figure 3.22 shows that these components indeed follow the same
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path and the input velocity, which means that the kinematic relations are implemented correctly and
the velocity is controlled correctly. In addition, this figure shows after 10 seconds a slow oscillation, as
a result of the swinging motion of the load.

Velocity [rad/s]

—Motors
——Crane house
Boom tip
—Boom middle
- - Input

-0.01 | | I !
0 5 10 15 20 25

Time [s]

Figure 3.22: Velocity of motors (blue), crane house (red) and boom located at the tip (yellow) and middle (purple) with the input
velocity as the dashed black line

Figure 3.23 shows the displacement of the load corresponding to the velocity profile in Figure 3.22.
The displacement of the load shows that the velocity is slightly decreases when the displacement of
the load is negative. This is expected, because the load exerts a negative force of the crane when its
displacement is negative. Thus, the kinematic behaviour on the system is as expected, which means
that the final matrices are assembled correctly.

Displacement [deg]

Time [s]

Figure 3.23: Rotational displacement of the load






Results

Sections 4.1 and 4.2 investigate the significance of the variable bending stiffness of the boom and how
many beam elements are required to sufficiently accurate model the boom, respectively. Section 4.3
compares the model with and without backlash and analyses its influence. Sections 4.4 and 4.5 show
the influence of the play compensation and the ramp function, respectively.

4.1. Variable bending stiffness of the boom

The bending stiffness of the boom varies over its length as a result its tapered shape, in reality. The
model can be simplified by assuming that the bending stiffness is homogeneous. This influences the
natural frequencies of the bending modes, because one equivalent stiffness is chosen instead of a
variable bending stiffness. The natural frequencies of the first four bending modes of the boom are
determined with boom consisting of 128 beam elements, such that the eigenmodes are determined ac-
curately. Figure 4.1 visualised these four bending modes of the boom. Table 4.1 shows the difference in
natural frequencies between a model using varying bending stiffness and one with a homogeneous stiff-
ness. Here, the first column shows the number of bending mode, the second column shows the natural
frequency when using the variable bending stiffness. The third column shows the natural frequencies
when the boom is simplified as a homogeneous beam while using the bending stiffness correspond-
ing to the average width of the boom. The last column shows the relative deviation between the two
models. This table shows that only one natural frequency can be modelled accurately, while the other
natural frequencies deviate significantly more than 5%. This means that a homogeneous boom is not
sufficiently accurate.

Mode 1: f=1.3121 Hz Mode 2: f = 5.2431 Hz
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Figure 4.1: First four bending bending modes of the boom while connected to the slew drive system
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Natural frequenc Natural frequenc . "
Mode variable sti?fnessy[Hz] constant st(i]ffnessy [Hz] Relative deviation [%]
1 1.31 0.99 24.4
2 5.24 4.65 11.3
3 13.2 12.5 5.30
4 23.3 23.3 0

Table 4.1: Natural frequencies of the first four bending modes using of the model with a variable bending stiffness (second
column) and comparing this to the model with a constant bending stiffness (third column)

4.2. Number of beam elements

The boom is modelled as multiple beam elements. Increasing the number of elements increases both
the accuracy and the computation time. The first and second natural frequency of the lateral bending
mode are 1.31 Hz and 5.24 Hz respectively, while the natural frequency of the first torsional mode is
10.4 Hz. The frequency of the first torsional mode is already larger than the frequency of the second
bending mode. As a result, less torsional eigenmodes will be excited compared to the number of
bending modes. The number of beam elements depend on the number of modes that are desired to
model. Therefore, the lateral bending modes are dominant in the decision of the number of elements.

The first result aims to find out which bending modes are present in the system. This is done by
creating a bode plot, as shown in Figure 4.2. The input of the bode plot is the torque on the motors
and the output is the velocity of the boom tip. This figure shows five lines and each line corresponds
to a different number of beam elements chosen. Here, it shows that the frequencies corresponding to
the first two bending modes of the boom have the largest amplification. In addition, frequencies larger
than the frequency of the fifth bending mode, which is 37 Hz, have a significantly smaller amplification
compared to the amplification of the natural frequency of the first bending mode. Therefore, higher
order bending modes than the fifth are not considered in the following results.

Bode Diagram
L

-140

-160

Y
©
o

-200

N
N}
(=

System: 128Elem
Frequency (Hz): 37
Magnitude (dB): -246

280 \

300 = : : ] ‘ b
10° 10" 102
Frequency (Hz)

Magnitude (dB)

n
B
o

)
o]
=)

Figure 4.2: Bode plot with input torque on the motors and output velocity of the boom. Bode plot created for five different boom
models, each one consists of a different number of elements

The second result shows a convergence study of the natural frequencies corresponding to the first
five bending modes, which is shown in Figure 4.3. It shows that 128 elements is well converged,
because 32 elements is already converged and it gives an indication of the relative error of the choice
of the number of elements.
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Figure 4.3: Convergence of the natural frequencies for first five bending modes with respect to a 128 element model

The results in the frequency domain cannot capture all the dynamics, like backlash and the influ-
ence of the controller. Therefore, the next results consist of time domain simulations. These simulations
include the interaction between the controller, slew drive system, boom and load. However, play com-
pensation is excluded, such that the effect of backlash is not clouded. In addition, the simulations are
performed with the velocity profile as shown on the left of Figure 4.4 and the corresponding accelera-
tion is shown on the right. This velocity profile consists of accelerating with a s-curve, constant velocity
and an engineered emergency stop using a linear ramp. Furthermore, the reference model consists
of 16 elements. This is chosen, because Figure 4.3 shows that 16 elements can calculate the natu-
ral frequency of the first five bending modes with a relative error of less than 0.5%. In addition, more
elements experience numerical problems.
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Figure 4.4: Velocity profile (left) used in time simulation and corresponding acceleration (right)

The first result in the time domain is the response of the acceleration of the boom tip, as shown in
Figure 4.5. Here different boom models consisting of 1, 2, 3 and 4 beam elements are compared to
the model consisting of 16 elements. Models with more than 4 elements are not shown, because these
results coincide with the reference model. The acceleration as a result of the velocity profile, given by
Figure 4.4, is shown in Figure 4.5. This figure shows firstly that the highest frequency present is 5.4
Hz, which corresponds to the natural frequency of the second bending mode of the boom. When the
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crane goes through the play, the crane is subject to a shock load, which should amplify all the natural
frequencies present. Figure 4.2 shows that higher frequencies have little amplification. Therefore, it
is expected that only the first and second natural frequency are visible when the crane goes through
its play. Furthermore, a boom using two elements can already simulate this higher order vibration,
because two elements include these frequencies. However, more elements increase the accuracy.
Lastly, at five seconds, a small increase in acceleration is visible before the system goes through the
play. In reality, this is not expected, because the crane should move once it goes through its play. In the
numerical simulation, some damping is required to prevent numerical problems, which results is this
small acceleration before the gears go through their play. This increase in acceleration is very small
compared to the acceleration after the gears go through their play. Therefore, this simulation can still
approximate the reality.
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Figure 4.5: Acceleration of the boom tip for five different models containing different number of elements

The second result in the time domain shows a convergence study of the number beam elements
required to sufficiently accurate calculate the shear force in the boom. The relative error for this study is
calculated as the relative deviation with respect to the reference model, which consists of 16 elements.
Figure 4.6 shows the shear force in the boom over its length when subject to the velocity profile given
in Figure 4.4 during the emergency brake. The shear force on the left of Figure 4.6 is large, because
this force corresponds to the reaction force in the pivot. The pivot accounts for all the reaction force
resulting from the boom such that a force equilibrium is achieved, which leads to the pivot experiencing
the largest force. In the most right of Figure 4.6, the shear force increases again, as a result of the load
exerting an external force on the tip of the boom as a result of its swinging motion. The average shear
force over the length of the boom is calculated for different number of elements and is compared to
the reference model to perform a convergence study, as shown in Figure 4.7. This figure shows that
the model consisting of 16 elements in converged, because the graph converges to zero. In addition,
it shows that a relative error of less than 5% is achieved at 3 elements.
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Figure 4.7: Convergence study of the average shear force over the length of the boom during maximum shear force

The choice regarding the number of elements is always a compromise between simulation time and
accuracy. Figure 4.8 shows the simulation time as a function of the number of elements corresponding
to the velocity profile used. The simulation time shows an exponential increase when the number of
elements rise. Figure 4.9 shows the multiplication of the relative error and the simulation time. This
figure shows that the first part is dominated by the decrease in relative error and the second part is
dominated by the increase in simulation time. It also shows that the multiplication of the relative error
and simulation time is smallest for 5 and 6 elements. Using 6 elements has the same order of magnitude
of simulation time as 5 elements, while 6 is more accurate. Therefore, the choice is made to model the
boom using 6 elements, which is also used in the following sections.
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Figure 4.9: Multiplication of simulation time and the relative error as a function of the number of elements

4.3. Comparison with and without backlash

The red and blue lines in the figures in this section represent the response with and without backlash,
respectively. The simulations in this section only exclude play compensation, because this would cloud
the consequences of backlash.

Figure 4.10 shows the acceleration input time signal and Figure 4.11 shows the response of the
acceleration of the boom tip with and without backlash. This figure shows that suddenly vibrations
occur with backlash, when the torque in the gearboxes change sign, which means that they go through
their play. This results in a shock load to the system, which excites the natural frequencies of the
system.

Figure 4.12 shows the torque in the gearboxes and the rotation of the load in a double y-axis plot.
The left axis represents the torque in the gearboxes and the right axis represents the rotation of the
load. The torque in the gearboxes first shows an increase as a result of the acceleration of the crane.
A slow oscillation is visible during constant velocity, which corresponds to the rotation of the load as
represented by the dashed black line. This figure shows the moment that the torque in the gearboxes
change sign, which is the moment that backlash occurs. In this simulation, the gearboxes change sign
as a results of rotation of the load and the acceleration of the crane.

Figure 4.11 shows that the vibration, when backlash is included, consists of two frequencies during
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acceleration, namely 1.3 and 5.2 Hz, which correspond to the first and second natural frequency of
the boom, respectively. In comparison, this figure shows that during braking, a low frequent vibration
occurs without backlash, which corresponds to the first natural frequency, 1.3 Hz. This vibration is a
result of the large jerk on the system from the sudden change in acceleration during braking. These
figures show that the frequencies of vibration correspond to the natural frequencies of the boom. This
means that these vibrations would not occur if the boom is modelled rigidly or by only a beam model
that can determine the first lateral bending mode of the boom. The pedestal crane on the Sleipnir
showed the same two frequencies when it vibrates, as shown in Figure 4.11 with backlash. These
are a lower frequent vibration in the order of 1 Hz and a more high frequent vibration in the order of
5 Hz. Therefore, backlash in combination with a flexible boom is required to model the higher order
vibrations. In addition, this model has the ability to predict the same vibrations as were visible in the
pedestal crane on the Sleipnir during the design phase.
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Figure 4.10: Acceleration profile in the rotational frame of the crane, which is used a input
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Figure 4.11: Acceleration response of the boom tip with backlash (red) and without backlash (blue)
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Figure 4.12: The left y-axis shows the torque in the gearboxes with backlash (red) and without backlash (blue). The right axis
shows the corresponding sidelead angle of the load, the black dashed line represents this

Figure 4.13 shows the response of the acceleration of the crane house as a result of the time signal
shown in Figure 4.10. The acceleration of the crane house shows many frequencies the moment
the gears go through their play, the high frequent vibrations damp out quickly and a vibration with a
frequency of 5.2 Hz remains in the system the longest. This corresponds to the high order vibration,
which is also present in the boom as shown in Figure 4.11. The amplitude of the vibrations in the crane
house is larger than in the boom and the vibrations damp out less quickly than in the boom. This can
be explained by the fact that the shock load as a result of backlash acts directly on the crane house.
While the boom has some stiffness through which the shock load travels. Stiffness acts like a low pass
filter, causing the vibrations to be less severe. In addition, the boom has an additional damping term
as a result of material damping. The combination of the stiffness of the boom and the damping term
leads to the boom experiencing less severe vibrations than the crane house. Thus, the vibrations are
most severe in the crane house. The crane cabin for the operator is assembled on the crane house.
Therefore, it is important to consider the frequencies of the vibrations in the crane house for the design
of the cabin to ensure the safety of the operator.
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Figure 4.13: Acceleration of the crane house with backlash (red) and without backlash (blue)
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Figure 4.14 shows the slewing moment corresponding to the acceleration response shown in Fig-
ure 4.11. In addition, this figure shows with the dashed black line the slewing moment determined by
the current quasi static models, which is calculated with:

Msiew = ]béh + MigLyrsin(Bsigeteaa) 4.1)

Here, Bsiqeicaa i the sidelead angle given by the specifications of the crane and 6, represent the
input acceleration of the crane during either accelerating or braking and the heel is set equal to 0°.
The numerical values corresponding to this equation are given in Table 4.2. The black dashed line, in
Figure 4.14, shows that during acceleration and constant velocity, the slewing moment is larger when
calculated with (4.1) than the results from the simulation. The quasi static model assumes one constant
sidelead angle, while this angle changes over time during the simulation. As a result, the maximum
sidelead of the numerical simulation during acceleration and constant velocity is 3.3°, as shown in
Figure 4.12, which is lower than the sidelead angle resulting in a lower slewing moment. However,
during braking, the slewing moment with backlash becomes larger than determined by the quasi static
model, as a result of a larger rotation angle of the load and the amplitude of the shock load. In addition,
the quasi static model cannot capture the vibrations that occur as a result of backlash and the flexibility
of the system, while this is possible with the dynamical model.

Parameter Numerical value
Ib 5.4 -107 kgm?
eh,accelerating 0.0156 T'ad/Sz
Onpraking 0.0336 rad/s?
M, 30-10% kg

g 9.81 m/s?

Ly 60m

.Bsidelead 5°

Table 4.2: Numerical data to determine the slewing moment of the quasi static model currently used
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Figure 4.14: Slewing moment determined by the dynamical model with backlash (red) and without backlash (blue) and determined
by the quasi static model represented by the dashed black line

4.4. Comparison with and without play compensation

Huisman implemented a control function to compensate the play. In this section, the blue and red lines
in the figures correspond to the model with and without play compensation, respectively.

Figure 4.15 shows the acceleration of the boom tip with and without play compensation. This figure
shows that no vibrations occur until 30 seconds when the play compensation is included. While, vibra-
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tions do occur when there is no play compensation. Figure 4.16 shows the torque in the gearboxes
for the two motor groups. This figure shows that with play compensation, the gearboxes do no change
sign until 30 seconds. While, without play compensation, the gearboxes already changed sign a few
times. This figure shows that the play compensation works well to prevent vibrations as long as the
motors have enough capacity to deliver a counter acting torque. The moment that the motors do not
have enough capacity, the crane goes through its play and starts to vibrate. In this simulation, the only
moment that the motors do not have enough capacity to compensate the play is during the emergency
brake, which means that this is the only moment that the gears go through their play. The heel of the
crane during this simulation is 0°. In case, the crane is at its maximum heel and the sidelead is max-
imum, the capacity of the motors during acceleration might not be sufficient to compensate the play,
which results in backlash and vibrations. The downside of the play compensation is that is average
torque in the gearboxes and motor is larger, which means that these components need to be larger
than required without play compensation. Figures 4.15 and 4.16 show that this dynamical model can
predict during the design phase the scenarios when play compensation works well and when is does
not work well.
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Figure 4.15: Acceleration response of the boom tip with play compensation (blue) and without play compensation (red)
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4.5. Ramp function

The previous sections used a smooth s-curve. During the design phase, the shape of the s-curve is
generally created for the maximum velocity. For lower velocities, the duration of acceleration scales
down, e.g. half of the maximum speed means half of the duration of acceleration. The moment that the
duration of acceleration shortens, the curved parts of the s-curve shorten. This means that the velocity
tends to move to a linear ramp instead of a s-curve for low velocities.

Figure 4.17 shows the input velocity and acceleration on the left and right, respectively, and Fig-
ure 4.18 shows the response of the boom tip when subject to this input, with the play compensation.
This figure shows that a linear ramp causes vibrations during acceleration, while the s-curve does not
show these vibrations. When the velocity profile is a linear ramp, the jerk goes to infinity at the start
and end of acceleration. When the boom is subject to an infinite jerk, it tries to instantly change its
acceleration, which is not possible in reality. As a result of a large jerk, the boom starts to vibrate,
which is visible in Figure 4.18. This figure also shows that this model can predict whether the response
of the crane follows the input velocity profile smoothly with the applied s-curve and play compensation.
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Figure 4.17: On left the velocity profile with a linear ramp (red) and s-curve (blue). On the right, the corresponding acceleration
is shown
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Conclusion

The objective of this master thesis is to create a method to predict the occurring vibrations during
slewing during the design phase of a pedestal crane. The occurring vibrations consist of a low and
high frequent vibration, which are in the order of 1 and 5 Hz, respectively. To be able to predict the
occurring vibrations during slewing, a dynamical model of an electrically driven pedestal crane with a

lattice boom structure is created that includes the significant dynamics that arise during the slewing
motion.

Chapter 2 performed a system analysis, from which can be concluded that the following dynamic
effects should be included in the dynamical model to model the dynamics of the slew drive system
sufficiently accurate:

» Controller

— Pl-controller
— Play compensation
— Ramp function

+ Slew drive system

— Inertia of the motor, gearbox and brake
— Average mesh stiffness of the gearbox
— Play in the gearbox and pinion

* Boom

— Minimum of first two lateral bending modes
— Variable bending stiffness over its length
— Torsion

* Load

— Sidelead
— Double pendulum behaviour

The mesh stiffness of the gearbox remains significant as long as it result in an additional natural fre-
quency in the order of magnitude of the boom or lower.

Furthermore, the dynamical model is sufficiently accurate by modelling the slew drive system as
two equivalent rotating masses. Each mass represents one motor group, which consists of half of the
motor, gearbox and brake assemblies. This means that the motors, gearboxes and brakes in one motor
group are merged into one equivalent degree of freedom. In addition, the stiffness of the gearbox is
included via a spring. The play in the gearbox and pinion is included in this spring. In addition, the
boom can be modelled sufficiently accurate with a minimum of 3 beam elements. However, 6 elements
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increases the accuracy significantly, while maintaining the same order of magnitude of simulation time.
Therefore, 6 elements is a good compromise between accuracy and simulation time. Each element
consists of lateral bending and torsion. In addition, the bending stiffness varies per element. A double
pendulum describes the motion of the load.

Section 4.3 compared the dynamical model with and without backlash. This comparison showed
that a model without backlash cannot excite the higher order natural frequencies of the boom. In addi-
tion, backlash can only excite these frequencies if the boom is modelled using multiple beam elements.
Thus, the interaction between backlash and the boom model consisting of multiple beam elements is
required to be able to predict the occurring vibrations.

Section 4.4 investigated the influence of the play compensation. This section showed that this
control function works well, because it significantly reduces the number of times the crane goes through
its play. It works well as long as the motors have enough capacity to deliver a counteracting torque.
There are scenarios where the capacity of the motors might not be sufficient, e.g. when slewing up
the slope as a result of the heel of the crane. When the capacity is insufficient, the crane still goes
through its play, which results in vibrations. In addition, the average torque in the gearboxes and power
delivered by the motors is higher as a result of the play compensation. The model created during
this research can be used to find the ranges in which the play compensation works well. In addition,
different shapes of play compensation can be used to test their influence.

Section 4.5 compared a linear ramp and a s-curve. This showed that a linear ramp results in the
low frequent vibrations as a result of an infinite jerk. While, a smooth s-curve does not show these
vibrations. However, a s-curve takes longer to reach the desired velocity than a linear ramp. The
dynamical model created in this thesis can be used during the design phase to test whether crane
follows the ramp function smoothly.

To conclude, the model proposed in this thesis can be used during the design phase of a crane to
predict the occurring vibrations during the slewing motion. Furthermore, the control functions can be
tested to find their influence on the structure.

5.1. Future work and recommendations

The first recommendation is to validate the dynamical model of this thesis with experimental data, which
can be done by obtaining experimental data from an electrically driven pedestal crane. The frequency
of vibration is important to validate when the crane goes through its play, because this shows the
dominant natural frequencies. This can be tested by switching off the play compensation and rotate
the crane slowly until it goes through its play, which should amplify the natural frequencies in the system.
Accelerometers should be placed on four locations, namely, on the tip, middle and pivot connection of
the boom and one on the crane house. These accelerometers should measure the acceleration in the
lateral direction of the boom. During this research, it was found that the the natural frequency of the
second lateral bending mode of the boom is the highest frequency present. Therefore, the minimum
frequency that the accelerometer needs to measure is 5 Hz. However, in reality, it is possible that
the vibrations consist of higher frequencies. Therefore, the accelerometer should be able to measure
a minimum frequency of 25 Hz to have ample margin for unexpected higher frequent vibrations. A
Fourier transform of the data from the accelerometer should show the natural frequencies present. A
few static parameters should also be tested, to be able to use the same parameters in the dynamical
model as the experimental data will show. These are the following parameters:

« Stiffness of the gearbox
 Play of the gearbox and between the pinion the slewing gear
» Bending stiffness of the boom

After validating the natural frequencies, a time signal should be measured. A typical time signal would
be to slew 90° to one side and slewing back to the start position. The acceleration over time measured
by the accelerometers can be compared to the simulated acceleration of the crane to validate the time
signal.

The results showed that backlash in combination with the flexibility of the boom results in the oc-
curring vibrations. Therefore, it would be beneficial to eliminate backlash. Play compensation showed
that this reduces the number of times backlash occurs significantly. However, it does not eliminate
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backlash. In addition, the design with play compensation requires larger motors and stronger gear-
boxes compared to a design without play compensation. A method to eliminate backlash is to change
the gears is the system. Possibilities for gears without backlash are helical gears, herringbone gears
or anti backlash (spur) gears.

The control can be optimised by further analysing the ramp function. An idea to improve the ramp
function is to play with the backlash by going through the play twice on purpose with a duration between
them equal to half of the natural period of the boom. Hence, creating two frequencies out of phase,
which will cancel each other. A practical downside of this idea is that the natural period of the boom
needs to be known accurately. Otherwise, it is possible that the response can be excited twice.

The results showed that the proposed dynamical model is able to predict vibrations during slewing
in a pedestal mounted offshore crane with a rectangular lattice boom structure. Huisman builds and
designs more types of cranes and boom configurations. Therefore, this model could be extended by
creating boom models for a double lattice structure, box girder and double box girder. Furthermore,
research can be performed regarding the difference between the pedestal crane and the other crane
types to find which dynamics should be added and which can be neglected with respect to the dynamical
model of the pedestal crane. Furthermore, the dynamical model can be extended by including the other
motions of the crane, namely hoisting, boom hoisting and in some cases travelling.
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