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Load and stiffness of a planar ferrofluid
pocket bearing

SGE Lampaert, JW Spronck and RAJ van Ostayen

Abstract

A ferrofluid pocket bearings is a type of hydrostatic bearing that uses a ferrofluid seal to encapsulate a pocket of air to
carry a load. Their properties, combining a high stiffness with low (viscous) friction and absence of stick-slip, make them
interesting for applications that require fast and high precision positioning. Knowledge on the exact performance of these
types of bearings is up to now not available. This article presents a method to model the load carrying capacity and
normal stiffness characteristics of this type of bearings. Required for this is the geometry of the bearing, the shape of the
magnetic field and the magnetization strength of the fluid. This method is experimentally validated and is shown to be

correct for describing the load and stiffness characteristics of any fixed shape of ferrofluid pocket bearing.
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Introduction

As man began to explore space, it became relevant to
develop efficient techniques to use and store rocket
engine propellants under zero gravity conditions.
For this reason, the NASA Research Center devel-
oped in the 1960s a kerosene-based magnetic fluid
that could be collected at a desired location by the
use of a magnetic field." This magnetic fluid consisted
of a stable colloidal suspension of tiny magnetic par-
ticles (~10 nm) providing the fluid with paramagnetic
properties.” Rosensweig continued the research into
these so-called ferrofluids and showed in the early
1970s that these fluids might also be interesting for
the usage in seals and bearings.** Pressure builds up
in the fluid because the magnetic particles are
attracted by a magnetic field. This pressure can be
used to develop a force to carry a load or to seal a
volume. Compared to other bearing concepts, the
ferrofluid bearings are an easy way to create a low
friction movement that is free of stick-slip.” The
bearing is furthermore inherently stable due to the
use of permanent magnets. The magnetic field of
these magnets can additionally be used for Lorentz
actuation.'®'® The overall specifications presented
in literature show that the bearing is particularly inter-
esting for low load applications that require fast and
high precision positioning. Examples of possible
applications are microscopy, wafer/chip inspection
and pick and place machines. The low vapour pres-
sure ferrofluids are suitable for vacuum conditions

and even application in a zero gravity environment
is possible since the ferrofluid is kept in place by the
magnetic field.

Two types of planar ferrofluid bearings can be dis-
tinguished. The first type is a ferrofluid pressure bear-
ing that uses solely the magnetic pressure to carry a
load.'”™"” The second category is a ferrofluid pocket
bearing that enhances the load carrying capacity of an
air pocket (or any other non-magnetic fluid), which is
encapsulated and pressurized by a surrounding ferro-
fluid seal.>**2" A simple example of this bearing con-
cept is given in Figure 1. The planar ferrofluid bearing
can be seen as a sort of hydrostatic bearing meaning
that it does not need a relative movement between
bearing faces to create a pressure field. Though the
working principles are fundamentally different from
the hydrostatic bearings of literature®* > that uses the
magnetorheological effect and a pressure source to
create a pressure field.

The tribological performance of the planar ferro-
fluid bearing is, despite its potential, barely discussed
in literature. This is completely opposite to the
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Figure 1. Ferrofluid is applied to a disc-shaped magnet with
axial magnetization and placed on a ferromagnetic surface. The
ferrofluid collects at the circumference of the magnet where
the magnetic field strength is highest (Figure 2). A bearing is
built by placing a surface on top of this configuration such that a
pocket of air is encapsulated (Figure 3). The ring of ferrofluid
functions as a seal that captures the air inside. The magnetic
field of this magnet is shown in Figure 2.

performance of the hydrodynamic journal bearing
lubricated with ferrofluid that has received significant
attention recently.?*?

A problem experienced in these types of bearings
is that there are no mathematical models available
yet that describe the load and stiffness characteristics;
the designer interested in using these bearing has
limited information available on how to dimension
the bearing to achieve certain specifications. All
literature describing these bearings lacks the link
between the measured performance and a theoretical
model.?°

Another problem seen in these bearings is the poor
repeatability in fly height.!*'* The fly height is
reduced during translation because of the trail forma-
tion that results in a smaller amount of fluid to be
available for levitation. In the case of a pocket bear-
ing, this might even cause air to escape from the
encapsulated pocket of air resulting in a permanent
change in fly height. In Café'? and Lampaert et al.,'
the absence of a mathematical model to describe this
effect accurately is mitigated in the presented position-
ing system by adding a control loop that controls the
fly height of the bearing. This decision introduces
extra actuators, sensors and therefore complexity in
the system, which might take away the benefit of
being low cost and simple. More knowledge on how
the load and stiffness of this type of bearing is created
might give more insight in how the trail formation
affects the fly height of the bearing.

In this article, a method is presented to predict the
load and stiffness characteristics of a ferrofluid pocket
bearing. A model is derived using this method that is
then validated with an experimental setup. The
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Figure 2. The magnetic field is highest at the corners of the
magnet as shown here in a cross section of the configuration
presented in Figure |. The calculation is done with a remanent
flux density of the magnet of B, = | T and a relative permeability
of the iron base plate of u, = 4000.

resulting knowledge can be used to understand how
a ferrofluid bearing should be designed to meet the
desired load and stiffness specifications.

Methods

In this section, the derivation of the mathematical
model of the ferrofluid pocket bearing is explained
and validated. The validation is divided into three
parts. The maximum load carrying capacity, the
load carrying capacity as a function of the fly height
and the bearing stiffness are validated.

Mathematical model

In the following section, the method to calculate the
load and stiffness specifications of a ferrofluid pocket
bearing is derived. It provides the theoretical basis on
how the different parameters contribute to the final
specifications. This method is not limited to the exam-
ples given in Figures 3 and 4 but is valid for all pos-
sible shapes of magnets and magnetic fields. The
derivation starts from the Navier—Stokes equations
for incompressible, Newtonian magnetic fluids.* In
this formula, the assumption of Newtonian fluids is
reasonable for fluids that do not show any particle
chain formation (i.e. fluids with a small dipolar inter-
action parameter™).

ou N N . >
p(a—i’+ - Vu) =—Vp+Vi+f+ pnyMVH

V-i=0
)

In this relation, the density is represented by p, the
viscosity is represented by n and the magnetic perme-
ability of vacuum is represented by (. Definitions of
other symbols can be found in Figure 3 or in the text.
Now it is assumed that the fluid velocity # of the
ferrofluid is small and therefore of negligible influence
on the pressure distribution p in the liquid. There are
no other body forces except those induced by the
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Figure 3. The figure presents a cross section of a disc-shaped
magnet to define the parameters used in this article. The inner
fluid interface defines H; and the outer fluid interface

defines H,.

ferrofluid lFL = poM(H; — Hy)A,
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Figure 4. A graphical representation of the force develop-
ment in a pocket bearing. A magnet with ferrofluid is placed on
an iron plate with a nonmagnetic plate (black line) on top of the
configuration. The contour plot on the background presents
the magnetic field intensity. Ferrofluid is added and attracted to
the corners due to highest field intensity there. The pressure
difference across the ferrofluid seal is proportional to the
difference in magnetic field intensity across the seal

(pi — po ~ H; — H,). This difference defines the load capacity
of the bearing. The figure furthermore shows that the contour
lines of the magnetic field intensity are identical to the contour
lines of the pressure distribution.

magnetic field (f =O>. These assumptions reduce
relations (equation (1)) to the following form

Vp = uoMVH (2)

In general, the magnetization strength M of the
ferrofluid is a function of the magnetic field, but can
be assumed to be constant and equal to the saturation
magnetization of the fluid when the fluid is subjected
to a magnetic field larger than that saturation mag-
netization. Furthermore, when the magnetic field is
much larger than the saturation magnetization of
the fluid, it can be assumed that the magnetic field is
unaffected by the presence of the ferrofluid. The low
relative permeability of the fluid ensures furthermore
that considering the magnetic behaviour, the fluid
does not behave much differently than air. Typical
magnetic fluids have a relative permeability u, of
approximately 2 with a saturation magnetization of
approximately M = 32kA/m or 0.04T.

For a ferrofluid pocket bearing primarily the pres-
sure difference across the seal p; — p,, is of importance
for calculating the total load. This pressure difference
can be calculated with the assumptions mentioned
above, the relation given in (2) and the fundamental
theorem of calculus in the following way

Pi—Po :/VP'dF:MOMs/ VH'dF:MOMS(Hi_Ho)
C C

(©)

The magnetic field at the inner fluid interface is
equal to H; and the magnetic field at the outer fluid
interface is equal to H,. From this relation follows
that only the magnetic field strength at the fluid-air
interfaces will determine the pressure increase in the
pocket. The load capacity F| can be approximated by
integrating the pressure over the force carrying sur-
face area of the pocket A,. This is done with relation
(equation (4)) in which it is furthermore assumed that
the load carrying capacity of the ferrofluid ring itself
is negligible (in the given example, its less than 10%).
In a subsequent analysis, this effect is taken into
account (see equation (11)). A graphical representa-
tion of the force relation is given in Figure 4. This
only includes the load capacity caused by the ferro-
fluid seal.

Fp= fs(pf = po)dd, = poMy(H; — H,)A, @

The normal stiffness of the bearing kj is defined by
the derivative of the load capacity (equation (4)) with
the fly height /.

hy= ey i p)

dA
an = P dh (pi —Po) d—hp

&)

Relation (equation (5)) implies that an increase in

force, and the related increase of pressure, causes the
ferrofluid interfaces to move outwards causing an
increased counteracting pressure across the seal and
an increased surface area for the force. The increase in
surface area can be assumed to be negligible for a
typical bearing design. Applying this assumption
and combining relation (equation (5)) with (equation
(3)) yields:

d(Hi - Ho)

kff = _I’LOMSAP dh

(6)

The change of magnetic field difference (H; — H,)
over the displacement / is not directly known but can
be found by relating that displacement with that of
the inner fluid interface ry,.

d(H; — H,) driy
dra dh

kjf: —uoM;A, (7
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The relation dr;,/dh can be seen as a pneumatic
leverage meaning that a small change of bearing fly
height will result in a large displacement of the inner
fluid interface (Figure 5). The two parameters are
coupled via the geometry of the pocket, and the pres-
sure, and therefore density of the air, inside the
pocket. In this model, it is assumed that the pressure
variation inside the pocket is small, and that therefore
the air inside the pocket can be assumed to behave
incompressible. This practically means that the stiff-
ness of ferrofluid seals is much smaller than the stiff-
ness of the pocket of air.

The pneumatic leverage can, in the case of a cylin-
drical shaped incompressible pocket, be described
with relation (equation (8)). Figure 6 shows the mag-
nitude of the pneumatic leverage for different initial
fly heights and fixed bearing radii. The figure shows
that the pneumatic leverage can in general be assumed
to be constant for small compression ratios.

V, = hnrs,
drw _d [V, [V, ®
dh — dh\'wh d7h3~  2h

In the case of a ring-shaped pocket bearing, the air
stiffness can be modelled as the stiffness of a

R A T
! V,, = cons Ahl :—l>n
1

Figure 5. Graphical representation of the pneumatic leverage
showing that a small displacement of h results in a large dis-
placement in r;,. The relation dr,,/dh (equation (8)) can be
calculated by assuming a constant air volume V,, of the pocket,
which is reasonable for small displacements.

pneumatic cylinder. That is given with the following
relation at which V;,; is the initial volume, V), is the
compressed volume and y is the heat capacity ratio.

Vinr\* A hini\” A
Kair = (V_lh> PiniVTp = <7n> pifzi)/?p )

The stiffness of the encapsulated pocket of air can
be seen as a stiffness that is in series with the stiffness
of the ferrofluid seal. The total stiffness of the system
can then be described to be

k/fkair
Kioa = —2—— 10
total kﬁ’+kair ( )
The effect of the air stiffness can be assumed to be
negligible when it is much larger than the seal
stiffness.

Vinf 4 A h‘li v A
Kair = (7];) Pim‘)/f = (#) piniyl_lp (11)

The assumption of an incompressible (cylindrical) air
pocket can be checked by making sure that the stiff-
ness of bearing is much smaller than the stiffness of
the pocket

dHi—H,) 1
ﬁ - MOMSAP dri, ,2_71- _ MOMS d(Hl - Ho)
K air (h/'%) yp,’m')/% 2piniy drin

h 14
X(Tm) Fin <K 1

Figures 7 and 8 give some examples of the stiffness
values for some different bearing sizes. From the
graph, it can be seen that the stiffness increases for
smaller gap heights. The figures also illustrate that the

12)
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Figure 6. The figure presents the modelled pneumatic leverage for different initial gap heights and a fixed radius of r;, = 10.5 mm.
The compression is a measure for how much the height is decreased for achieving the pneumatic leverage. A positive compression

means a decrease in fly height.
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Adiabatic
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Figure 7. The modelled adiabatic stiffness of an air filled cylinder with different initial gap heights and a fixed radius of r;; = 10.5 mm.
The graph shows that the air pocket is stiffer for decreasing fly height. At zero compression, the pressure condition is p; = p,.
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Figure 8. The modelled isothermal stiffness of an air filled cylinder with different initial gap heights and a fixed radius of r;, = 10.5
mm. The graph shows that the air pocket is stiffer for decreasing fly height. At zero compression, the pressure condition is p; = p,.

stiffness of the bearing is dependent on whether there
is an adiabatic or isothermal situation. In general, the
stiffness at low frequencies will behave isothermally
and stiffness at high frequencies will behave
adiabatically.

Experimental setup for validation

Experiments are performed to investigate whether the
derived mathematical models describe the load and
stiffness characteristics of this bearing correctly. The
validation is realised by comparing the performances
predicted by the theory with the results of experi-
ments. The required input parameters are the geomet-
rical dimensions of the setup and the shape and
strength of the magnetic field.

The measurement data are obtained by pressing the
bearing onto a surface using a tensile test bench that is
able to measure the force over the displacement

(Figure 9). The setup has a relative force accuracy
of 0.2 % and a relative force repeatability of 0.3%.
The displacement is measured with a repeatability of
0.3 um and a accuracy of 0.6 um. The bearing consists
of a ferrofluid pocket bearing constructed using a
ring-shaped neodymium magnet with the magnetiza-
tion in axial direction (see Figure 10 for more specifi-
cations). The ferrofluid that is used is the APG 513A
from Ferrotec with a saturation magnetization of 32
kA/m. The magnetic field is derived using a FE ana-
lysis that is shown in Figures 10 and 11. It should be
noted here that the ring magnet causes two radially
distributed peaks in magnetic field intensity that
potentially causes two seals in series. However, the
two peaks act as one seal in this configuration due
to capillary forces that connect the two seals together.

The process for validating the maximum load cap-
acity of this bearing (equation (4)) is divided into four
steps. The first step is to apply a specified amount of
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Figure 9. The ring magnet is placed on a steel adapter and
magnetic fluid is added to the configuration. The core of the
magnet is filled with an aluminium disc to reduce the volume of
the air pocket and so create higher stiffness. A tensile testing
machine is used to measure the force-displacement curves by
pressing this configuration onto a surface. The stiffness of the
setup is about Keeryp = 3 X 10 N/m.
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Figure 10. This figure presents the modelled magnetic field
and the isolines of the bearing configuration used in the pocket
bearing experiment. The ring magnet is placed on top of a steel
body with a relative permeability of 1ii,, = 4000. The dimen-
sions presented are in mm. The centre of the ring is filled with
aluminium and is not presented in the figure since it has no
influence on the magnetic field. The ring magnet used is the
HKCM 9963-433 with an outer radius of R = 12.25 mm.

ferrofluid on the magnet after which the fluid will flow
according to the magnetic field and form a uniform
ring. The second step is to move the bearing to a point
where it is just touching the opposing surface.
A pocket of air is now encapsulated by a seal of ferro-
fluid. The magnetic field intensity at the inner fluid
interface is the same as the magnetic field intensity
at the outer fluid interface (AH = 0) meaning that
no pressure is build up across the seal yet (Ap = 0)
and so the bearing has no load carrying capacity in
this configuration (Figure 4). The initial outer mag-
netic field interface, when the bearing faces were not
touching, is measured by comparing the position of
the ferrofluid in the situation that the ferrofluid is not

touching the opposing surface (Figure 9) to the mag-
netic field given in Figure 10. The outer magnetic field
interface in this situation is measured by comparing
the position and shape of the ferrofluid in the real
system (Figure 9) to the simulated shape (Figure
10). The outer contour of the ferrofluid in the real
system should coincide with one of the contour lines
of the magnetic field in the simulated system. The
contour line where it coincides is the value of the
outer field intensity.

The third step is to compress the bearing resulting
air to leak out of the seal, since there is no ability
to develop a counteracting pressure over the seal.
The bearing is now at a lower fly height where the
magnetic field intensity at the inner fluid interface
now differs from the magnetic field intensity at
the outer fluid interface (AH > 0). The inner fluid
interface has moved to a location with a higher mag-
netic field intensity while the magnetic field at the
outer fluid interface remains approximately the same
(this stays the same due to the geometry of the bear-
ing, the shape of the magnetic field and the amount of
fluid added to the bearing configuration). This causes
pressure to build up across the seal that gives
the bearing a load carrying capacity (Ap > 0).
The inner fluid interface is furthermore at a peak in
field intensity (Figure 11) since it is at the border of
leaking air.

The fourth step is to decrease the fly height even
more. This causes air to escape and causes the mag-
netic field intensity at the inner fluid interface to
increase even further. Now an even larger difference
in pressure across the seal has developed and results in
an even higher load capacity.

Decreasing the fly height of the bearing in this way
increases the magnetic field intensity at the inner fluid
interface while the magnetic field intensity at the outer
interface stays more or less the same. The inner
fluid interface is located at a peak of field intensity
(Figure 11) along the whole curve of maximum load
capacity of this bearing.

The maximum load capacity of the bearing is cal-
culated by determining the pressure build-up across
the seal that is defined by the relevant magnetic field
intensities at the inner and outer fluid interfaces of the
seal. These values can be read from Figure 11 that
presents the field intensity as a function of the
radius for different fly heights. The field intensity at
the outer fluid interface when there is no contact
between the bearing faces is derived by comparing
the location of the outer fluid interface with the iso-
lines of Figure 10. When the load is increased further,
the outer fluid interface will move outwards to a loca-
tion with lower magnetic field intensity during the
measurement. This is taken into account by the
model, by a linear interpolation of these two values.
The direct load contribution of the seal itself also has
been taken into account in the model by averaging the
magnetic field intensity over the surface area of
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Figure 11. The modelled magnetic field intensity at different fly heights (in mm) as function of the radius for a ring-shaped magnet
with the dimensions of (24.5 mm x 18.5 mm x 3 mm) and a remanent flux density of B, = .17 T. The outer peak of the magnetic field
is defining the relevant magnetic field for the load capacity since this has the highest magnitude. The relevant magnetic field intensities

at the inner and outer fluid interfaces can be read from this figure.

the seal. Relation (equation (4)) is now extended to
the following relation:

A
FL ZMOMS(Hi_Ho)(A[J +T> (13)

For the stiffness, two different expressions are men-
tioned in this article (relation (equation (6)) and
(equation (7)) that are both validated individually.
Relation (equation (6)) is validated by analysing the
stiffness of the bearing between two points on the load
curve generated by decompressing the bearing. To
maintain a constant pocket volume, it is made sure
that no air leaks across the ferrofluid seal during this
decompression. One point that is easily distinguish-
able is the point of maximum load capacity given by
relation (equation (13)). Another point that is easily
distinguishable is the so-called ‘knee point’, which is a
point on the force curve that shows a sudden change
in slope. This ‘knee point’ is caused by a sudden
change in the slope of the curve of the magnetic
field intensity followed by the inner fluid interface.
This occurs when the inner fluid interface is right in-
between the two peaks of magnetic field intensity pre-
sented in Figure 11. The inner fluid interface moves
inwards for a decreasing compression.

For the stiffness validation, it is required to know
the difference in magnetic field intensity across the

seal for a certain fly height for the two points (the
point of maximum load capacity and the knee
point). This is no problem for the point of maximum
load capacity since the location of the inner fluid
interface is known. The fly height of the knee point
can be derived from the point of maximum load cap-
acity by analysing how the inner fluid interface moves
inwards for increasing fly height. For small displace-
ments and so small change in pressure, the air volume
of the pocket can be assumed to be incompressible.
The fly height for a corresponding knee point can then
be calculated with

2
r .
hknee - hmax % (14)

knee

Relation (equation (7)) is validated in a similar way
by predicting the linear stiffness between the point of
maximum load capacity and the knee point. This is
done by using the pneumatic leverage value of exactly
in-between the two points.

For the whole stiffness validation, it is assumed
that the field intensity at the outer fluid interface
stays constant since the displacements are only
small. The measurements are performed by increasing
the force up to a value of F. = 5N or p; = 0.13 bar.
Next the force is decreased to a negative value to
demonstrate that the bearing also is capable to deliver
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a tension force. This is done three times to show hys-
teresis present in the system.

Results and discussion

This chapter validates the theoretical predictions with
experimental results and is divided into three parts:
first the model of the load capacity is validated fol-
lowed by the validation of the knee point that is then
used to validate the stiffness model.

Maximum load capacity

The measured curve of maximum load capacity is pre-
sented in Figure 12. During the experiments, it is
observed that the initial outer magnetic field interface,
when the bearing faces were not touching, is measured
to be H, = 1.3 x 10°A/m. The outer magnetic field
interface when the bearing faces are fully touching is
measured to be H, = 1.0 x 10°A/m. Air is escaping
from the pocket of air through the seal along the
whole path, this means that the inner fluid interface
is at a peak in field intensity along the whole path.
The location of this peak for the measured fly height is
traced back by using Figure 11. These values are used
to plot relation (equation (13)) in Figure 12. The small
ripple visible in the curve is caused by air popping
out of the seal and demonstrates that the inner fluid
interface is at a maximum value of magnetic field
intensity.

The data show that the theoretical model fits the
measurements well. This furthermore shows that the
load capacity is mainly defined by the pressure across
the seal and only partly defined by the contribution of
the pressure of the seal itself.

10
[ [ [ ]
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. MES2 {
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Z 6| | X CALC R
3 vl
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2 Lot
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Figure 12. The force in the figure presents the maximum
load of the in function of the fly height. Compressing the
bearing will cause air to escape from the seal, because the
pressure in the pocket of air becomes larger than the pressure
that can be counteracted by the seal. The first three datasets in
the figure are three different measurements that show that the
maximum load curve of the bearing has a high repeatability. The
fourth dataset is the result from the theoretical model of this
process presented in relation (equation (12)). The figure shows
that the model fits the measurements well.

Knee point

The force curve that is applied over time is presented
in Figure 13. The force in function of the fly height is
presented in Figure 14. The location of knee point in
the load curve is presented in Figure 15. The knee
point can be calculated by using formula (equation
(14)) and the shape of the magnetic field presented
in Figure 13. These graphs show that point of max-
imum load capacity is located at a radial position of
I'max = 11.8 mm with a fly height of #,,,,. = 0.235 mm.
Decompressing the bearing causes the inner fluid inter-
face to move inwards towards the knee point. The air
mass inside the pocket stays approximately constant
during this process, which means that the location of
the inner fluid interface can be calculated from the

-0.5

force [N]
- .

0 50 100 150 200 250 300 350 400
time[s]

Figure 13. This figure presents the measured force and fly
height of the bearing over time. The measurement starts with
no contact between the bearing and the surface. The load—
unload cycle is repeated three times and shows the hysteresis
of the bearing. The numbers correspond with the numbers
of Figure 14.
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Figure 14. This figure presents the measured force of the
bearing as function of its fly height. In the initial part, some
force ripple can be observed that is caused by air escaping from
the pocket. The repeated part of the graph shows two different
stiffness values that are caused by the shape of the magnetic
field. The hysteresis mainly is caused by the air transport across
the inner ferrofluid seal. The numbers corresponds with the
numbers of Figure 3.
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Figure 15. This figure presents a zoomed-in part of

Figure 14. It can be seen that the curve shows some hysteresis.
The two points of interest are the point of maximum load
capacity and the knee point. The point of maximum load
capacity (max) is at a force of F;, = 5.2 N and an fly height of
h =0.235 mm.
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Figure 16. This figure presents the modelled magnetic field
intensity as function of the radial position r for different fly
heights. The point of maximum load capacity has a fly height of
himax = 0.235 mm and the knee point has a fly height of hy,ee =
0.28 mm.

known fly height of the bearing and the known volume
of the pocket. The fly height of the knee point can now
be calculated to have the following value

2 11.82
Bone = hnas 54 = 02357525 = 0.28mm (1)
Fenee .

Decreasing the compression even more makes the
inner fluid interface to jump over this peak to continue
back down at the other side of the inner peak (Figure
16). The inner fluid interface is able to jump over this
peak due to the fluid that sticks behind as can be seen
from Figure 17. Fluid sticks behind due to the attract-
ing force of the inner peak in magnetic field.

This inner peak also causes ripple in the load curve
due to air escaping from the outer chamber into
the inner chamber. This introduces a hysteresis
like behaviour that is clearly visual in the shape of
the curve presented in Figure 14. The hysteresis
decreases for increasing fly height due to the

Figure 17. This figure presents the ferrofluid pocket bearing
used for the experiment discussed in this section. With a glass
plate, the two seals with capillary interconnection are made
visible. The magnet used is the HKCM 9963-433.

decreasing contribution of the inner peak as can be
seen in Figure 16.

Bearing stiffness

The stiffness of the bearing can now be validated
by comparing the measured stiffness with the stiffness
that is described with relation (equation (7)).
The location of the knee point is now used to calculate
the average measured stiffness between the two
points of interest in Figure 15. This has the following
value

B-F _ 51-4
hy—hy ~ 0.28 —0.235

kmes = =24 x 104 N/m

(16)

The theoretical stiffness can be calculated from the
magnetic field presented in Figure 16.

AH,—118—AH—103
kmod = _MOMSAP 1 0

/’12—/11
0.6 x10°
-7 3 2
=—4drx 107" x32x 10 XﬂXOOllgm
=2.3x10*N/m (17)

The theoretical stiffness can also be calculated by
using the pneumatic leverage.

=-219

drin _fmx 0.01182 x 0.235 x 103
dh 47(0.2575 x 10-3)°

(18)
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d(H; — H,)drj,
dri, dh
=4 x 107" x32x 103 x 7

0.6 x 10
2 V.0 x 10~
x 0.0118 % 103 21.9

=23 x 10*N/m (19)

kmod = _MOMsAp

The three calculated stiffness’s have a value
of around 2.3 x 10* N/m, which shows that the the-
oretical model fits the experimental results well.
This furthermore justifies the assumption of the air
to be incompressible for small displacements. From
Figure 7, it can be seen that the stiffness of the air is
about 10 times higher than the stiffness of the seal
itself. The contribution of the stiffness of the ferrofluid
ring itself is low and not taken into account, so the
theoretical model is actually slightly overestimating
the real system.

Discussion

The experimental results of this research are in good
accordance with the derived model. This shows that
the proposed method provides a reasonable method
to predict the load and stiffness characteristics of a
ferrofluid pocket bearing. This furthermore shows
that the load capacity of the bearing is mainly deter-
mined by, the magnitude of the magnetic field,
the magnetization strength of the ferrofluid and the
surface area of the pocket. This also shows that
the stiffness of the bearing is mainly determined by
the gradient of the magnetic field at the fluid inter-
faces, the magnetization strength of the fluid and the
surface area of the pocket.

Maximizing the load and stiffness requires maxi-
mizing the different parameters they are related to or
by placing multiple ferrofluid seals in series.
The magnetic field strength at the fluid interfaces can
be increased by using stronger magnets or by focusing
the magnetic field with the use of example iron.
Focusing the magnetic field has the additional effect
that the gradient increases, which is beneficial for the
stiffness. The compressibility of the pocket of air in the
bearing is negligible for the bearing design, because
the effective stiffness of the air is much larger than
the stiffness of the seal. This might not be the case
anymore for other designs that for example use a
larger surface area of the pocket, the stiffness of bear-
ing will in this case be predominantly determined by
the stiffness of the air instead (see equation (11)).

Conclusions

The theoretical model for the maximum load capacity
and the stiffness is in good accordance with the experi-
mental results, which means that the proposed
method is valid for describing the load capacity and
the stiffness of a ferrofluid pocket bearing. This

method shows that the load characteristics can be dir-
ectly calculated from the shape of the magnetic field
and the geometry of the bearing. Comparing the the-
oretical model with the measurements also shows that
the load and stiffness of the bearing are in general
mainly determined by the sealing capacity of the
seal and only partly determined by the pressure of
the ferrofluid itself. The results furthermore show
that having two radially distributed peaks in magnetic
field intensity introduces some hysteresis in the system
that might be undesirable. It has been shown that a
bearing with a diameter of 24.5 mm is capable of
carrying a load of approximately 8 N with a stiffness
of approximately ~ 2 x 10* N/m.
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Appendix

Notation

A, Surface area pocket (m?)

B, Remanent flux density (T)

Fr Load capacity (N)

f Body force (N/m?)

H Magnetic field strength (A/m)

H; Magnetic field inner fluid interface

(A/m)
H Magnetic field outer fluid interface
(A/m)

h Fly height (m)

Nicnee Fly height at knee point (m)

Ninax Fly height at point of maximum load

capacity (m)
Kair Stiffness air (N/m)
kg Stiffness ferrofluid bearing (N/m)
Kones Measured stiffness (IN/m)
Kimod Modelled stiffness (N/m)
Ksetup Stiffness of setup (N/m)
Kiotal Combined stiffness (N/m)
M Magnetization strength (A/m)
M Saturation magnetization (A/m)
P Pressure (Pa)
Di Pressure inside the pocket (Pa)
Pini Initial pressure (Pa)
Do Pressure outside the pocket (Pa)
R Radius of magnet (m)
r Radius/ Coordinate in-plane direction
(m)

P Direction vector (m)

Tin Radial distance of inner fluid interface
(m)

Fnee Radius at knee point (m)

Fmax Radius at point of maximum load
capacity (m)

t Time (s)

u Fluid velocity (m/s)

vy Volume of pocket for a certain fly

height (m®)

Vini Initial volume (m3)

v, Volume of nonmagnetic fluid pocket

(m?)
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Coordinate out-of-plane direction (m)

Angle between magnetic field and vor-
ticity (rad)

Ratio of the specific heats

Viscosity (kg/ms)

Miron
Ho

I
P

Relative permeability iron
Magnetic permeability of vacuum
(N/A?)

Relative permeability

Density (kg/m?)
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ARTICLE INFO ABSTRACT

Ferrofluid bearings have been demonstrated to be very interesting for precision positioning systems. The friction
of these bearings is free of stick-slip which results in an increase of precision. More knowledge on the friction
behaviour of these bearings is important for there application in precision positioning systems. This paper de-
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Magnetifis ) monstrates that the friction of a ferrofluid bearing can be modelled by a viscous damper model and provides a
IY/llzfi(;‘lllsingmpmg basic model to predict the friction behaviour of a bearing design. The model consists of a summation of a Couette

flow with a Poiseuille flow such that there is no net fluid transport under the bearing pads. The model is
experimentally validated on a six degrees of freedom stage using ferrofluid bearings. A stiffness in the form of a
closed-loop control gain is introduced in the system to create a resonance peak at the desired frequency. The
damping coefficient can be identified from the peak height of the resonance, since the peak height is the ratio of
total energy to dissipated energy in the system. The results show that the newly derived model can be used to
make an estimate of the damping coefficient for small(~ 1 mm) stroke translations. Furthermore, the model

Appendix A2

shows that the load capacity of a ferrofluid pocket bearing is affected during sliding.

1. Introduction

The repeatability of precision positioning systems can be improved
by reducing the effects of stick-slip in system [1]. Stick-slip is the result
of a spontaneous jerking motion which is introduced when overcoming
the static friction coefficient between two sliding contacts. Bearing
concepts like magnetic bearings, fluids bearings and flexures don't have
this stick-slip effect but have other drawbacks like complexity, cost, or
the storage of energy while moving.

Ferrofluid bearings, first proposed by Rosensweig et al. [2], provide
a cost-effective alternative to these more conventional bearing systems.
The bearing consist of a magnet and a ferrofluid that are attracted to
each other forming a thin layer of ferrofluid inbetween the permanent
magnet and the opposing bearing surface (Fig. 1).

The permanent magnet makes it a natural candidate for combina-
tion with Lorentz actuators, as demonstrated in various systems [3-15].
The result is a bearing that has distinct advantages for precision posi-
tioning systems, such as inherent stability, viscous friction, linear ac-
tuation, absence of external equipment, and no discernible stick slip
effects. Furthermore, the carrier fluid can be chosen to suit the oper-
ating environment and the design allows for a compact, lightweight and
cost effective solution.

Ferrofluid bearings have been successfully incorporated in precision
positioning systems. Cafe [9,10] has built a six degrees of freedom(DoF)
stage with nanometer accuracy, demonstrating that the bearing can be

* This paper was recommended by Associate Editor Gorka Aguirre.
* Corresponding author.
E-mail address: s.g.c.lampaert@tudelft.nl (S.G.E. Lampaert).

https://doi.org/10.1016/j.precisioneng.2018.05.013

used in high precision positioning systems. Mok [13], Habib [11] and
van Moorsel [15] have successfully implemented ferrofluid bearings in
combination with low-cost sensor solutions, to capitalize on the cost-
effectiveness.

Ferrofluid bearings can be divided into pressure bearings and pocket
bearings. The load capacity of a ferrofluid pressure bearing is solely
developed by the pressure in the fluid developed by the magnetic
bodyforce [16]. The load capacity and stiffness behaviour of ferrofluid
pocket bearings have recently been described in Refs. [17-19]. Though,
this previous work does not yet include the effect of translating the
bearing, nor does it describe the friction of the bearing. Due to this
uncertainty that is introduced in the model, Café [9] and Habib [11]
have put a large safety factor on the friction forces during the design of
the system, resulting in a situation where the friction forces are dom-
inating the disturbance forces.

This paper describes and experimentally validates a basic model of
the in-plane friction behaviour of a ferrofluid bearing. It will do so by
deriving a model describing the viscous damping forces of a ferrofluid
bearing. The model will be experimentally validated on a demonstrator
stage.

2. Theoretical bearing model

The forces that act on a ferrofluid bearing are found by deriving the
flow field between two surfaces from the general Navier-Stokes

Received 31 October 2017; Received in revised form 27 March 2018; Accepted 30 May 2018
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(a) The cross-section of a ferrofluid bearing.
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Fig. 1. a shows how a load bearing ring is created by the permanent magnet
and ferrofluid, while the iron top-plate increases the magnetic field intensity a
the underside. b shows the actuation force and counteracting friction forces for
a constant speed.

equation. The flow field is then used to determine the shear stresses in
the system which can be related to the friction forces. An analysis of the
viscosity of ferrofluids is added to verify the used viscosity model.

2.1. Viscosity

The viscosity of a ferrofluid changes when subjected to a magnetic
field [20]. This happens due to two different effects: rotational viscosity
and particle chain formation. The following section discusses the im-
pact of these effects on the rheology of the fluid.

2.1.1. Rotational viscosity

The effect of rotational viscosity is caused by the alignment of the
particles to the magnetic field. This results in a larger effective viscosity
when the vorticity is perpendicular to the magnetic field. The viscosity
of the fluid using spherical particles can be modelled with the following
relation that uses 7, for carrier viscosity, ¢ for volumetric concentra-
tion, B for the angle between magnetic field and vorticity, u, for
magnetic permeability of vacuum, m for magnetic moment of a ferro-
fluid particle, H for magnetic field intensity, k for Boltzmann constant
and T for temperature [21].

n=n(1+ 30+ 365 i asin’h)

a+ tanh a
Hom

=" (D

The first term of this equation presents the viscosity of the carrier
fluid, the second term presents the increase in viscosity due to the
suspension of particles and the third term presents the change in visc-
osity due to the magnetic field. For large values of a this relation has a
maximum value of:

5 3
Dmax = 775(1 + E¢ + 3¢) - 77c(1 + 4¢) (2)

The viscosity of a ferrofluid is often given in the absence of a
magnetic field, the relation for the viscosity then reduces to the Einstein
formula [22]:

5
"O‘m(1+5¢) 3)

A typical value for the increase in viscosity caused by the effect of
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rotational viscosity can be calculated by combining relation (2) and (3)
and assuming a typical concentration of about ¢ = 8%vol.
1+4¢  1+4x008

o 1+3¢ 1+ 2008

Dmax _

=11
)]

This relation shows that the increase in viscosity due to the mag-
netic attraction is in the order of 10%.

2.1.2. Particle chain formation

The particle chain formation, often referred to as the magneto-
viscous effect [23], is the formation of chain like structures in the fluid
due to the magnetic interaction between the particles. These structures
are more difficult to rotate in the fluid resulting in a larger resistance to
shear which results in an increase in effective viscosity [24]. Applying a
magnetic field on the fluid increases the resistance to rotation even
more resulting in an even further increase in viscosity. Shear forces in
fluid might break the chains in the fluid resulting in a shear thinning
effect. The formation of chains can be investigated by analysing the
dipolar interaction parameter A which is given with the following re-
lation that uses M for particle magnetization strength and V for particle
volume.

Hom® HoMGV

= = a3
24kT

)

Chain like structures will develop in the fluid when this parameter
becomes larger than one. Increasing this parameter results in longer
chains in the fluid [25]. The formula shows that A increases with the
diameter d of the particles resulting in only the larger particles con-
tributing to the formation of chains. It has been shown that even a small
concentration of large particles in the fluid can cause a high increase of
viscosity [26]. For the models presented in this paper, it is key to choose
a ferrofluid at which the dipolar interaction parameter is lower than
one for all suspended magnetic particles.

47k Td?

2.2. Flow field

The geometry of the ferrofluid seal consists of a thin layer of fluid
which is held fixed on the magnet against a moving counter surface (see
Figs. 1 and 2). The derivation of the flow field starts with the general
Navier-Stokes equations for incompressible Newtonian fluids, with an
additional term (u,M;\/H) describing the magnetic body forces. The
assumption of an Newtonian fluid is reasonable for magnetic fluids with
a small effect of rotational viscosity and a small dipolar interaction
parameter A. The relation uses i for fluid velocity, p for pressure, # for

viscosity and ]7 for body forces.

(s
VU= (6)

For a typical bearing application, the Reynolds number in the flow
can be shown to be small as is done in the following relation that uses L
for the length of the bearing, U for its speed and p is the density of the
ferrofluid.

7~V7) = -Vp + VU + u,M;VH +f

ferrofiuid u

L

Fig. 2. Two large plates(L > h) moving with respect to each other with velo-
city u and separated with a ferrofluid film with height h.
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PpUL _ 1380 x 10~% x 1072

Re = =
7 0.15

=009x1
7
This demonstrates that it is reasonable to neglect the inertial terms.
This leads to the Stokes equation given in equation (8) where the
magnetic body force is the only body force.

Vp =9V% + u,M;\VH
Vu =0 (8)

The flow field between the bearing pads is modelled as a fluid be-
tween two large parallel plates (L > h) that slide relative to each other,
as shown in Fig. 2. Equation (8) can be further reduced to equation (9)
by noting that the flow is parallel to the x-axis and by assuming that
both the pressure and magnetic field are constant across the film height.

Equation (9) shows that the pressure is the result of the viscous
forces and magnetic body forces.

Pue 10
822 nox

(p — uyMH) 10)

For the sake of simplicity, the magnetic body force and the pressure
are replaced by the following substitution.
uy
oz

10
7 0x

an

Integrating relation (11) twice over the height and introducing the
no slip boundary conditions at z = 0, u = 0, and z = h, u = U results in
the following relation for the velocity profile:

_1o
2n ox

U
Uy (2® — hz) + e

(12)

Translating the bearing causes no net fluid transport under the
bearing pads due to the magnetic body force that keeps the ferrofluid in
place. This can be used to calculate a value for % by setting the in-
tegral of the fluid velocity over the fly height h to zero.

[;h U dz = —é%ﬁﬁ + %z =0 a3

and thus:

o _ U

dx h? as
Which, after substituting in (12), results in the flow field:

w=0i(E-2) 15)

The resulting flow field presented in equation (15) is plotted in
Fig. 3. The flow field shows a summation of a Couette flow with a
Poiseuille in such a way that there is no net fluid transport. The Couette
flow is caused by the translational motion and the Poiseuille flow is the
result of the magnetic body force.

2.3. Friction force

The friction force can be calculated by integrating the shear stress of
the fluid on the bearing surface. The shear stress in the fluid is defined
by the velocity gradient between the bearing surfaces and can be de-
termined using the flow field given by relation (15).

T

=0 (16)
- i[ EZ_Z_Z_Z]

"% ’hh T3 an
_ 2(5_1)

AV 18)
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Fig. 3. This figure presents the modelled flow field of a ferrofluid bearing
during a translational motion, as described in (15). A Couette flow is combined
with a counteracting Pouiseuille flow. The flow-field is normalized with respect
to the velocity at z = h.

o o o
-~ o) w

o
o]
|

Normalized height, z/h [-]
o o o o
L% [5] I w

&
2

0 . L :
-2 -1 0 1 2 3 4

Normalized shear stress, /7% []

Fig. 4. This figure presents the normalized shear stress profile in-between the
two bearing surfaces of a ferrofluid bearing, as described in (18). The shear

. . h
stress is normalized for 7* = UI—U

A graphical representation of the shear force in-between the two
bearing pads is given by Fig. 4. The shear force at the surface of the
moving bearing is defining the force on the moving surface. The value
of this shear force can be calculated for a value of z = h.

Tox = 477E
h (19)

The magnetic body force retaining the ferrofluid at the magnet is
found in the factor four, describing the additional forces introduced.
The friction at the moving surface can be calculated by integrating the
shear stress over the area of the bearing surface.

Fjyie = T dA
[ (20)

UA
= 4n——
T @1
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From equation (21) it is apparent that a ferrofluid bearing behaves
like a linear viscous bearing. So the damping coefficient can be de-
termined by dividing the friction force by the velocity.

U h (22)

2.4. Sealing capacity during translation

According to equation (11) the pressure distribution across a seal is
influenced by the viscous effect during translation. A model of this ef-
fect can be developed by combining this relation with relation (14).

_
TR (23)
Based on the work presented in Ref. [17], the pressure difference

across a seal can now be calculated the following relation where [, is
the width of the seal in the sliding direction.

0
—(p — uyMH
ax ® = Ky )

leat U
Ap = pMAH — [ 6’7h—2dx 1)

=y MAH — 67;_[2]lseal (25)

In the case of a pocket bearing as introduced in Ref. [17], the
maximum load capacity can be modelled with equation (26) where A,
stands for the surface area of the enclosed and pressurised pocket of air
carrying the load. The relation shows that shows that the load capacity
reduces during a translational motion.

nUu
2
This relation for the load capacity of a ferrofluid pocket bearing is

an extension of the relation presented in Ref. [17] for situations where
the bearing is sliding with a velocity U.

F, = tyMAHA, — 6-—l,0/A,

(26)

3. Experimental method

The damping is both predicted based on the theory presented in the
previous chapter and measured using an experimental set-up.
Validation of the predicted damping coefficient with the experimental
set-up is used to demonstrate that the proposed model is reasonable to
predict the friction of a ferrofluid bearing or seal.

3.1. Damping coefficient prediction

Based on the theory presented in the previous chapter, the damping
coefficient can be predicted by measuring the viscosity, contact surface
area and fly height of the bearing. The fly height is measured by taking
a foto of the air-gap with a scale next to it. The known scale length is
used as a reference in the photograph and related to the length of a
single pixel. Then by using a pixel counter the air-gap is measured at
several points. The contact area is measured by resting the moving mass
against two endstops on a white acrylic sheet. The mass is removed and
the imprint left by the bearings is photographed next to a known scale.
The length of a pixel is derived from the scale and the resulting surface
area is measured using the software ImageJ.

3.2. Experimental set-up

The experimental validation will be performed on an improved
version of the (2 + 4) degrees of freedom stage of Cafe et al. [9,10].
This is a system that can do large translational motions in x- and y-
direction while having the other four degrees of freedom constrained
through closed-loop control (Fig. 5). The system is chosen because the
different parameters defining the dynamic behaviour (mass, damping
and stiffness) are properly defined. The mass is solely defined by the
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Laser Interferometer

Printed Circuit Board
Capacitive Sensor

- Plane mirror

Support frame

I 10cm i
Fig. 5. An overview of the general layout of the demonstrator stage on which
the experimental validation will be performed. In this figure the moving mass is
opaque to better showcase the internal components. The magnets are mounted
on the moving mass and are used as a ferrofluid bearing and magnetic field
source for actuation. The PCB contains the force generating coils. The in-plane
measurements are done with three laser interferometers and the out-of-plane
measurements are done with three capacitive sensors underneath the moving
mass. The plane mirrors are used as a reference for the laser interferometer and
mounted on the moving mass. The support frame is mounted on a vibration
isolation table.

moving mass of the system, the damping is solely defined by the friction
of the ferrofluid bearings and the stiffness is solely defined by the ap-
plied control stiffness.

The moving mass is used as a reference for the sensors and contains
three square magnets, as shown in Fig. 5. The magnets provide the
magnetic field both for the ferrofluid bearing and Lorentz actuation.
The stage has an in-plane movement range of 10mmx10 mm and the
rotation is constrained through control action.

The system has six sensors to sense the principal degrees of freedom
of a rigid body. The in-plane motions and rotation are measured by
interferometers and the out-of-plane motion and tilts are measured by
capacitive sensors. The in-plane position is limited by the sensor re-
solution of 10 nm. The position is controlled with a bandwidth of
200Hz, while the rotation is controlled with 100Hz. The out-of-plane
motions and tilts are measured by three capacitive sensors limited by
the noise level of 2.54 nm at a sampling frequency of 10 kHz. They are
constrained through closed-loop control using three out-of-plane
Lorentz actuators and with a bandwidth of 200 Hz.

The actuation is performed by two sets of three Lorentz actuators
embedded in a multi-layered PCB. Fig. 6 shows how the coils are con-
figured to create resultant in-plane and out-of-plane forces for a non-
uniform magnetic field. The in-plane control actuation has a motor
constant of 0.145 NA™!. The motor-constant of the experimental set-up is
determined with a load-cell test in the direction of the movement. The
test is conducted by applying a current to the in-plane coils, such that
the moving mass enacts a force in line with the load cell. The current is
increased to map the data points, which are then fitted to find the motor
constant.

The closed-loop system is identified by supplying a pseudo random
white noise signal with an amplitude of 1 to 10 um at the input. The
input and output signals are measured for 300s and used to construct the
FRF according to Welch's method [27].

The moving mass has a fly height of 0.18 + 0.05mm corresponding
to a volume of 0.2 mm ferrofluid per bearing and a total weight of
0.185kg. It is supported by three square ferrofluid bearings using the
magnet Q-20-20-05-N from Supermagnete.
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(b) Top view of
coils

(a) Cross-section of a ferrofluid bearing.

(d) Top view of
coils

(c) Cross-section of a ferrofluid bearing

Fig. 6. The coils create a resultant out-of-plane(6a) and in-plane(6c) force as a
result of the Lorentz forces and designed coil configuration. Fig. 6d and b shows
the coil configuration from a top-view, with the three coil-sets corresponding to
three ferrofluid bearings.

3.3. Damping coefficient by dynamic response

The system can be described as a mass-spring-damper system with
transfer function (27), using the results from section 2.3 that a ferro-
fluid bearing behaves like a linear viscous damper. Where the mass is
denoted as m, the damping coefficient as ¢ and the stiffness value as k.

X,(s) _ 1
F(s) ms*+cs+k

27)

Fig. 7 shows the response of the system discribed by equation (27)
in the case of an over- and underdamped mass-damper-spring system.
At low frequencies the stiffness of the system will determine the dy-
namic behaviour, while at high frequencies the inertia of the moving
mass will dominate. The damper-line limits the resonance peak height,
by dissipating energy as a result of the damping forces.

The value of system parameters can be determined by finding the
pole locations in the frequency response function(FRF). According to
equation (27), the pole location of the damping is described by equation
(28).

4

Wem = — (28)
However, the ferrofluid bearing system is underdamped, with a pole
expected at approximately 0.5Hz. The identification through a FRF
suffers from limits in exposure time and assumptions made in the signal
processing, leading to inaccurate measurements at low frequencies.
Therefore a control stiffness k is added to the system expanding it to a
mass-spring-damper system as presented in Fig. 7.

The damping coefficient can be expressed in system parameters
according to (29). It is now expressed in one known parameter, mass;
one chosen parameter, stiffness; and one unknown parameter, damping
ratio.

c=2§\/W

The damping ratio can be related to the Q-factor, which can be
defined as the ratio of stored energy to dissipated energy.
-1
=20

Combining (29) and (30) gives:

(29)

¢ (30)
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Damper line

4 Stiffness line

Log |x/F|

— — — Underdamped ¢ < 1

---------- Overdamped ¢ > 1 Mass line

w [rad/s]

Damper line (90°) .

N\
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Mass line (180°)

-180 1
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Fig. 7. This figure shows a typical response for an underdamped ({ < 1) and an
overdamped ({ > 1) mass-spring-damper system. At low frequencies the stiff-
ness of the system dominates, while at high frequencies the inertia dominates.
The amplitude of the resonance is related to the dissipated energy of the system,
a result of the damping forces.

Jkm

RG] 3D

For measurement purposes the Q-factor can be defined as the fre-
quency-to-bandwidth ratio of the resonator, where f, is the resonant
frequency and /\f is the full width at half maximum(FWHM) band-
width.

5
Af

In the system used for this research, stiffness is created by adding a
control gain(K,) in the closed-loop control scheme. Fig. 8 shows the
block diagram of a typical closed-loop feedback controller, where G (s)
is the plant model and K, the control stiffness. The transfer function
describing the response of this system is shown in (33).

Q= (32)

X@6) _ _GBICH)
Xi(s) 1+ G()C(s)

(33)

The plant of a ferrofluid bearing can be modelled as a mass-damper
system and the closed-loop transfer function becomes (34).

X, (s) - Ky
Xi(s) ms*+ces+K,

39

Which can be rewritten in the form of (27), by noting that
F(s) = KpXi(s).

Xi +~ E F

C(s) = Xo

G(s) 3=

Fig. 8. The block diagram of closed-loop feedback control, with plant model
G (s) and controller gain K),. X;(s) is the reference signal, E (s) is the error signal,
F(s) is the plant input signal and X, (s) is the output signal.
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Table 1

This table shows the measured parameters and modelled in-plane damping
coefficient of a ferrofluid bearing. The damping coefficient is calculated ac-
cording to (22).

Quantity Value

System: 7 [kgm™'s] 150 + 15x 1073
A [m?] 220 + 10x 107°
h [m] 0.18 + 0.05x 1073
¢ [Nsm™'] 22+08

Fig. 9. The imprint left by the ferrofluid bearings on a smooth surface com-
pared to a 1:0.5 mm scale. In this image the red and green has been filtered out
to increase contrast between the ferrofluid and background.

Xo(8) _ Xo(s) _ 1
F(s) K, X (s) T ms?+ s + K,

(35)

The Q-factor can now be measured according to (32).

4. Results

The damping coefficient that is calculated using equation (22), is
presented in Table 1 together with the different values that are used to
calculate the coefficient (see Fig. 9 for surface area). The predicted
damping coefficient for the three bearings in the system is
2.2 + 0.8Nsm™".

Fig. 10 shows the frequency response for closed-loop control stiff-
ness values, ranging from 5 X 10° up to 30 X 10°Nm~". Fig. 11 shows the
different damping coefficients corresponding to the different control
stiffnesses shown in of Fig. 10. Fig. 12 shows the effect of different input
amplitudes on the damping coefficient for a constant stiffness. The
measured damping coefficient of the complete system based on the
dynamic response is found to be 2.97 + 0.45Nsm™".

5. Discussion

From the measured dynamic behaviour of the system presented in
Fig. 10, it has been shown that the system can be considered to be a
perfect mass-spring-damper system. At low frequencies the response
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Fig. 10. The frequency response of the closed-loop system with added control
stiffness K,,. The black dotted line resembles the modelled damping coefficient.
The peaks being close to the black dotted lines demonstrates that the model is in
line with the measurements.

51

O Copum
——=—0.95 confidence bounds

25 30 35 40 45 50 55
f, Hz

60 65 70

Fig. 11. The damping coefficient determined via FWHM are displayed as a
function of the resonance bandwidth. The dotted line represent the 0.95 con-
fidence bound of the model. The numbers correspond with the measurement
labels of Fig. 10.

converges to the applied control stiffness, while at high frequencies the
responses converge to the inertia of the mass. In-between, a resonance
peak is present of which the peak height decays as would be expected
from a viscous damper model.

The uncertainty of the modelled damping coefficient presented in
Fig. 11 is the result of multiple measurement uncertainties. The figure
furthermore shows no non-linearities in the trend or magnitude of the
damping coefficients. Some differences can be explained by the as-
sumed constant viscosity, which is not necessarily the case for a fer-
rofluid [20]. Fig. 12 shows that the damping coefficient stays constant
for constant stiffness and varying input amplitude and therefore varying
input sliding velocity. This altogether demonstrates that the assumption
of a constant viscosity for a ferrofluid bearing is fair under these con-
ditions.

The peak heights in Fig. 10 scales with the stiffness as expected over
the measured region. This implies that the damping coefficient stays
constant for the used input amplitudes and stiffness. However, the
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Fig. 12. The effect of a variation in the input signal amplitude on the frequency
response with a constant stiffness of K, = 10 x 10°. The amplitude varies from 1
up to 10 um. This proves the linearity for 1-10 pm.

measured damping constant is systematically higher than the modelled
coefficient. This implies that a systematic error or another undescribed
effect occurs in the method of determining the modelling parameters. A
likely candidate for a systematic error is the fluid film thickness, due to
the small distance and lack of stiff connection.

The results are measured for stroke lengths up to ~ 1 m, as a result
the maximal input amplitude of 10 um with a maximal Q-factor of
~ 100. So for large stroke(¢ > 1mm) additional experiments need to be
performed.

The theoretical bearing model presented in this paper requires that
the magnetic body force is strong enough to keep the ferrofluid in place.
For large speeds, it might be possible that the body force is not large
enough to pull back the fluid. In the case of a ferrofluid pocket bearing,
this results in leakage of air through the seal, resulting in a permanent
change in fly height.

6. Conclusion

A ferrofluid bearing is a low-cost, relatively simple, concept that has
been proven to have no discernible stick-slip effects and is therefore
well suited for precision positioning systems.

The model as presented in Ref. [17] is expanded to include the
magnetic body force, ensuring a Pouiseuille flow counteracting the
Couette flow resulting in no significant fluid-loss during motion. The
resulting flow field is used to derive the in-plane damping coefficient of
a ferrofluid bearing. A ferrofluid bearing has no in-plane stiffness, by
adding a control stiffness it's dynamic behaviour can be modelled as a
mass-damper-spring system.

The ferrofluid bearings in the identified system behave like a linear
viscous damper for the utilized input amplitudes. Although the viscosity
is non-linear as a function of the speed, the expanded model proves a
valid approach at quantifying the damping coefficient of a ferrofluid
bearing.

The validity of the friction model demonstrates that the load ca-
pacity is affected by the translational motion of the bearing. The
magnetic body force used for creating load capacity is then additionally
used for keeping the fluid in place. This results in a lower net load
capacity during translation. It is important to take this effect into ac-
count during the design of the bearing.

The presented model allows for better design of precision posi-
tioning systems using FF bearings.
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ferrofluid is a type of fluid with magnetic
properties, and its most important property
is that it is attracted by a magnet (Figure 1).
This is due to the tiny magnetic nanoparticles
about 10 nm in size suspended in the fluid.
Ferrofluids can be used to make bearings that generally
differentiate themselves from other bearings by their
simplicity, low cost, inherent stability, viscous damping
with low friction and absence of stick slip [1] [2].
. . These characteristics make ferrofluid bearings a low-cost
1 Ferrofluid bearing
principle.
(a) Adisc magnet with
ferrofluid on a steel
plate. The ferrofluid

(black) is drawn
towards the highest

alternative in systems with a moderate stroke and speed that
are currently using air bearings or magnetic bearings to
achieve similar specifications.

Appendix A3

magnetic field
strength, at the edge
of the magnet. The

disc positioned in the

centre is the magnet.
(b) The associated
magnetic field. The
colours show that
the magnetic field
intensity is highest
at the corners of
the magnet, which
confirms that the
ferrofluid follows the
contour lines of the
magnetic field. The
model was made
using COMSOL
Multiphysics® [3].

2 Overview of the 1-DoF

positioning system built
by Simon van Veen [4].
The black body in the
middle is the dynamic
partof the system. The
system is actuated
electromagnetically;
the coil is visible
underneath the black
body.

Precise positioning systems

The first in the Delft series of precise positioning systems
with ferrofluids was built by M.Sc. student Simon van Veen
(Figure 2) [4]. The primary goal of his work was to

understand and demonstrate the behaviour of ferrofluid

bearings. The complete absence of stick slip and pure

viscous friction made it a very interesting and simple linear
bearing concept for precise positioning. The final system
could be positioned in one degree of freedom (DoF) with a
precision of o= 10 nm over a range of 20 mm.

This 1-DoF system was followed by a (2+4)-DoF
positioning system built by Max Café [5]. This system was
able to make two large translational movements (10 mm x
10 mm) and four small correctional movements in the other
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3 Overview of the

(2+4)-Dof positioning
system built by Max
Café [5]. A printed
circuit board with coils
is used to actuate the
magnets placed on

the moving part of the
system. The magnets
are additionally used

to create a ferrofluid
bearing. Three laser
interferometers and
three capacitive sensors
are used to measure the
position and orientation
of the system.

The actuation system
of Figure 3 consists of
three magnets and six
coils in a PCB board:
two layers contain
coils for the out-of-
plane actuation and
two layers contain the
coils for the in-plane
actuation. Both sets
of coils use the same
magnet, which is

also used to hold

the ferrofluid for the
bearing [5].

Renderings of
the planar 2-DoF
positioning system

e

y\L"

DoFs (Figure 3). In this system, the magnets fulfil a dual

role: they hold the ferrofluid for the bearing function and
they provide the magnetic field for the coils of the 6-DoF
Lorentz actuators (Figure 4).

The primary goal in this instance was to understand and
demonstrate the behaviour of the ferrofluid bearings in a
multi-DoF positioning system. An additional goal was to
solve the problem of so-called trail formation of the bearing.
When moving, the ferrofluid bearing leaves behind a trail of
ferrofluid on the contact surface that reduces the amount of
ferrofluid actually used in the stage’s support. This causes

Z;/geg ra’:xo/\??ffe[@ * the bearing to slightly decrease in fly height, i.e. 2 um per
complete stage. mm translation for this system. This decrease in fly height

(b) The base. can be compensated for by active control of the Lorentz
actuators. The final system was able to take in-plane steps
of 0.1 mm with a control bandwidth of 500 Hz with a 1%
settling time of 0.02 s, and out-of-plane steps of 250 nm
with a bandwidth of 100 Hz with a 1% settling time of 0.1 s.
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The system’s planar performance was mainly limited by the
performance of the actuator and the sensors, and not by
the performance of the bearings. This showed that the
ferrofluid bearing is an interesting concept for high-speed
precise positioning in multiple DoFs. It also showed that
good system integration can be achieved by using the
magnets required for Lorentz actuation to also generate
the magnetic field used in the ferrofluid bearings.

The successful completion of these projects created a certain
confidence in the properties of ferrofluid bearings. As a
result, ferrofluid bearings have been used in subsequent
projects as a simple bearing solution in positioning systems.
One such example is Gihin MoK’ project [6], which
examined the potential of using a low-cost optical mouse
sensor for a positioning sensor. A full stand-alone
positioning system with two DoFs was realised, using

three ferrofluid bearings to accommodate planar
movements only (Figure 5).

A second example is Haris Habib’s project [7], in which an
XY360 3-DoF positioning system was designed, built and
tested. Here, the goal was to demonstrate the concept of
measuring a planar position and orientation with a 2-DoF
optical position-sensitive detector (PSD) (Figure 6). The
sensor and actuation system allowed for a full rotation in
combination with a translational range of 9 mm x 9 mm.

The final system was able to take planar steps of 0.1 mm
with a settling time of less than 0.1 s and with an accuracy
of 0.2 um (30). A rotational step of 10° took 0.18 s to settle
with an accuracy of 0.15 mrad (30). The speed of the system
was mainly limited by the friction in the bearings. This
friction was apparently higher than was modelled using the
basic model developed in advance. This eventually caused
excessive heat to develop during operation.
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For this reason, a new project was launched by Stefan
Lampaert, the aim of which was to draw up improved
theoretical models to be used for generating an accurate
prediction of the bearing properties (see below) [8]. This
work resulted in validated models that accurately describe
the load and stiffness of ferrofluid bearings. A friction
model directly derived from these improved models was
later validated in [2] [9] by a redesign of the system
presented in [4] to obtain an accurate measurement for
the friction of the bearings.

A third example in which ferrofluid bearings and an

improved understanding of their functioning has been used

is Len van Moorsel’s project. Here, the newly derived
models of ferrofluid bearings were used in the design of a
3-DoF precise positioning system using fully contactless
vision with a single image sensor as position sensor [10].
The final system had a mover that could be actuated in all
the in-plane DoFs; commutation of the Lorentz actuators
made it possible to make infinite rotations (Figure 7). All

the remaining DoFs where constrained using a ferrofluid
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Plaglicring
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LED holder
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bearing. The theoretical models facilitated a more balanced
design between actuator and bearing so that no excessive
heat developed during operation.

Basic theory

A ferrofluid can basically be used in two different types of
bearings [11] [12]. In both bearing types, the ferrofluid acts
as a lubricant and a load-carrying component, even at zero
speed. The first bearing type is the so-called ferrofluid
pocket bearing that encapsulates a pocket of air to carry
aload (Figure 8a). The second one is a so-called pressure
bearing that works solely by floating the mover on a layer
of magnetically pressurised ferrofluid (Figure 8b).

The load capacity of a pocket bearing (F is generally a

L, ockcl)
function of the surface area of the pocketpof air A and the
pressure difference that is built up across the seal. This
pressure difference is a function of the magnetisation
strength of the fluid (M) and the difference in field intensity
between the inner fluid interface (H,) and the outer fluid

interface (H ). The load capacity of a ferrofluid pressure

6 Renderings of the XY360

3-DoF positioning

system built by Haris

Habib [7].

(a) Overview.

(b) Cross-section
showing two | FDs
used to sequentially
illuminate the PSD
so that the location
and the orientation
can be measured,
and a third LED used
to increase the range
of motion.

The 3-DoF (XY6)
positioning system built
by Len van Moorse/

[10]. The moving part

of the system contains

magnets that are

used for the ferrofluid

bearing and the Lorentz

actuator. The other haif
of the Lorentz actuator
consists of a PCB board
in which coifs have been
etched.

(a) Overview showing
the black body in
the middle as the
moving part of the
system.

(b) Rendered cross-
section showing
the image
sensor, focated
underneath the
black body, used for
contactless optical
measurement of
the position of the
system.
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[ THEME - PRECISION APPLICATIONS OF FERROFLUID BEARINGS
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bearing (F, ) is solely defined by the pressure built up dependent force between the ferrofluid trail and the magnet.
in the fluid due to the magnetic field at the load-carrying Upon translation of the bearing, it appears that the majority
surface of the bearing. of the fluid remains between the bearing surfaces.
Fia =M A, (H-H) This means that there is a fluid flow with no net fluid
transport along the length of the bearing. Figure 10 presents
L presure = Ho M JHdA the flow profile that meets this condition. This flow profile

basically consists of the summation of a Couette flow caused

The stiffness for a pocket bearing (k) is mainly defined by the relative movement of the bearing surfaces and a

)
ocket
by the change in pressure across the seal with a change in fly  Poiseuille flow caused by the magnetic body force. The

height. This means that this stiffness is mainly defined by model is validated by the work presented in [2] [9]. The

the gradient of field intensity across the seal. In general, viscous-like friction force can be described as follows:

only the inner fluid interface contributes to the stiffness.

The term dr, / dz in the formula below is called the F,.=cU=4n(A/hU

pneumatic leverage and relates to the movement of the

inner fluid interface with the change in fly height. The Conclusion

stiffness for a ferrofluid pressure bearing (k) is mainly ~ The various systems described in this article demonstrate
defined by the gradient in the magnetic field at the load- that ferrofluids can provide a simple and cost-effective
carrying surface. bearing solution for high-precision positioning. The models

presented can be used in the design of ferrofluid bearings.
socke = ~AF, o/ dz= -, MA_(dH,/ dr,) (dr,/dz) ~ The equations show that the magnitude of the magnetic
field is important for the load capacity, while the gradient of
/dz=-u,M[(dH / dz) dA the magnetic field is important for the stiffness. The model

for the friction shows that the bearing can be taken as a

pressure L,pressure

Translating the bearing leaves behind a trail of ferrofluid pure viscous damper.
that has three effects on the bearing’s performance (Figure

9). The first is a reduction in fly height due to a reduced

load capacity caused by less fluid being available for

8 Schematic
representation of two
types of ferrofluid
bearing [8].

(a) Pocket bearing: the
Joad is carried by an
encapsulated pocket
of air.

(b) Pressure bearing: the
Joad is floated on a
Jayer of magnetically
pressurised ferrofluid.

9 Translating the bearing
leaves behind a trail of
ferrofluid [8].

10 Fuid flow profile with
no net fluid transport
along the length of the
bearing [8].

levitation. The second is an increase in damping due to the 02
reduced fly height. The third effect is a time- and path-
0.15
E
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Current and future developments

What started as a simple research project on ferrofluid
bearings is now growing into a new research area at Delft
University of Technology. Projects have been started that
focus on the application of magnetic fluids in different
industries. These projects now also include the application
of magnetorheological fluids, a type of non-Newtonian
magnetic fluid that becomes more viscous in response to a
magnetic field. Applications currently being investigated
include seals, large-scale bearings and active dampers. m
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Ferrofluid pocket bearings are a type of bearing that are able to carry a load using an air pocket encapsulated by
a ferrofluid seal. Previously designed ferrofluid bearings show the great potential of the stick-slip-free and low
viscous friction bearings, however until now the load capacity is limited. In this article a method is presented to
increase the load capacity in a simple and cost effective way by the addition of ferromagnetic material around
the magnet. First, a mathematical model of the bearing is presented and is validated by experiments using an
axially magnetized ring magnet surrounded by two steel rings. The model is used to optimize the dimensions of

the added ferromagnetic material for maximum load capacity. Depending on the fly height, the load capacity has
been increased by a factor three to four by the addition of steel rings to the ferrofluid pocket bearing config-

uration.

1. Introduction

The kerosene based magnetic fluid or so called ferrofluid that NASA
developed in the 1960s appeared to be interesting to apply in seals and
bearings as shown by Rosensweig et al. in the 1970s [1-4]. A ferrofluid
can be defined as a fluid with paramagnetic properties that are gener-
ated by being a colloidal suspension of small magnetic nanoparticles
(10nm) [5,6]. The application of an external magnetic field increases
the pressure inside the fluid after which the fluid is capable of carrying
loads [7-9], thus can act as an actuator [10-16] or seal [17-21]. Fer-
rofluid can be used to yield mechanisms that have complete absence of
both stick slip and mechanical contact resulting respectively a potential
high precision and high lifetime [7,8,22,23].

Because the fluid in ferrofluid bearings is contained by the presence
of a magnetic field that is generated by for example a permanent
magnet, no seals or active components are required. Therefore, a fer-
rofluid bearing is a passive, simple, and cost effective alternative to
traditional bearings. Examples of these ferrofluid bearings can be found
in literature, but despite the great potential, application is still very
limited [7-9,24-29]. One reason for this is that the load capacity and
stiffness is relatively limited. Lampaert et al. recently developed a
mathematical model to describe the load and stiffness characteristics of
ferrofluid bearings, which makes it now possible to design for max-
imum load capacity [7,8,22,23,26,30-33].

The load capacity of a ferrofluid bearing is created by the

* Corresponding author.
E-mail address: s.g.c.lampaert@tudelft.nl (S.G.E. Lampaert).

https://doi.org/10.1016/j.triboint.2018.07.048

pressurized air pocket(s) encapsulated by the ferrofluid seals. The shape
of the magnetic field and the number of air pockets between non-
connected seals seem to be of great importance to the load capacity.
The goal of this article is to increase the load capacity of ferrofluid
bearings by the addition of ferromagnetic material.

The addition of ferromagnetic material, in this case steel, has the
ability to concentrate the magnetic field generated by the permanent
magnet and could therefore increase the load capacity [34,35]. Fur-
thermore, steel could alter the shape of the magnetic field such that
multiple air pockets can be created. Steel has a high magnetic satura-
tion and a high relative permeability which makes this material suited
for improving the load capacity.

First, a model is presented to calculate the load capacity of a fer-
rofluid double pocket bearing. This model is validated by experiments
and will then be used to optimize the geometries of the steel rings. The
acquired knowledge can be used as design rules for increasing the load
capacity of planar ferrofluid bearings by the addition of ferromagnetic
material.

2. Methods

First, an analytical model for the load capacity of a ferrofluid double
pocket bearing is presented based on the available literature. Second,
the four different bearing models, model A through D, are presented
after which the FEM analysis, using COMSOL Multiphysics, is
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Fig. 1. This figure presents the cross section of the ferrofluid bearing with the
defined parameters. The ring magnet is surrounded by two ferromagnetic rings,
in this case steel, with an aluminum disk placed inside. The entire setup is
mounted on a steel baseplate. Important parameters are the pressures and areas
of the air pockets and the magnetic field intensities at the different fluid in-
terfaces.

introduced to calculate the magnetic field intensities. These magnetic
field intensities in combination with the analytical model are used to
calculate the load capacity. Next, the experimental setup used for the
validation of the described model is presented after which the optimi-
zations of models A-D are described.

2.1. Analytical model

The analytical model for a ferrofluid single pocket bearing [8,9,24]
is extended to a model predicting the load capacity of a ferrofluid
double pocket bearing, schematically represented in Fig. 1. The Navier-
Stokes equations for incompressible magnetic Newtonian fluids can be
simplified to equation (1) assuming a stationary, low Reynolds number
incompressible flow with a Newtonian fluid model. The relation pre-
sents the pressure gradient Vp as the product of the magnetic perme-
ability of vacuum y, the magnetization strength of the fluid M; and the
magnetic field gradient VH.

Vp = puyM;VH 1

Application of the Fundamental theorem of calculus gives the re-
lationship used for calculating the load capacity of the air pockets,

{Axis of symmetry

Tribology International 129 (2019) 46-54
equation (2).

Fbockel = f (Pi - pg)dApocke[ = ﬂoMS AH Apocke[ 9
A

Both the pressure inside the air pocket and the pressure inside the
ferrofluid ring contribute to the total load capacity of the bearing.
Although the load carrying contribution of the seal is relatively small in
comparison to that off the pocket, it will be included in the calculation
to get the most accurate prediction of the total load capacity. Equation
(3) shows the approximation of the load capacity of the seal as de-
scribed by Lampaert et al. [7].

A
F;'eul = f (PS - po)dAseul ~ ﬂ()MS‘ AH %al 3
A

For a bearing configuration with two seals and two pockets the total
load capacity is simply obtained by adding the load capacities of both
pockets and both seals. Each contribution to the total load capacity is
calculated by integrating the pressure difference over the area, as can
be seen in equation (4). This is visually shown in Fig. 5, where the load
capacities of the ferrofluid bearing for the magnet only and for the
magnet with steel rings correspond to the orange and red surface re-
spectively. The pressure distribution is a result of the magnetic field
intensities of the fluid-air interfaces (H;; H;; Hy; Hy,), see Fig. 1. By in-
tegrating this pressure distribution, the total load capacity is calculated.

Implementation of a second ferrofluid seal has the advantage that
the pressure can be increased twice, one time over each ferrofluid seal.
It is important to note that the pressure contribution of the doughnut
shaped second pocket, A, as given in equation (4) can be rewritten to
equation (5), in which the pressure contributions of both pockets act on
a circular surface as defined in Fig. 1. To illustrate this, the pressure
distribution which is given in Fig. 5 corresponds to the magnetic field
intensities at the interfaces between ferrofluid and air, given in Fig. 4.

Eaad = f (Pu = Dy )dApl + f (Psl = Dy )dAsl + f (piz =D )dApz
+ f (b — by )dAs 4

A A
Floaa = I»lUMs((Hil - Hol)(Al + %) + (Hp — Hoz)(Az + %))
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Fig. 2. This figure presents the four different bearing models and their design variables. In contrast to Model C and D, model A and B have no ferromagnetic
baseplate. Model A and C are defined from bottom up and model B and D are defined from top down.
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Table 1
This table presents a list of variables which are considered to be con-
stant for the different bearing models A-D.

Optimization constants Optimization: Constants

My =35kA/m

Ko = 47x107'N/A?
Winag = 8.5mm

Tnag = 6mm

Thase = 3mm

hyy =0.2mm
Bsawration,steel = 24T
Minagnet = 1.25T

Py =10°Pa

2.2. Bearing models

There are four distinct bearing models presented in this section,
which will be referred to as model A, model B, model C and model D
(Fig. 2). In all the models the ring magnet is sandwiched between two
steel rings with varying widths and thicknesses. Both steel rings are
attached to the magnet such that no volume exists between the steel
rings and magnet.

The variables which are considered to be constant during the opti-
mization of the bearing models A-D can be found in Table 1.

In model A the rings are fixed with respect to the bottom surface of
the magnet. The thickness of the steel rings is defined with T,; and T,
and the width of the steel rings is defined with Wy; and Wjg,,. An ad-
ditional parameter Az; is defined in equation (6), in which 7, indicates
the thickness of the steel rings for either the left or right side.

Az; = E‘Tmag 6

It can be concluded from the results of the model presented in
section 3.2 that the top surface of the steel rings has to be at equal
height as the surface of the magnet such that no steel protrudes beyond
the thickness of the magnet. Therefore, model B is introduced. The steel
rings are now fixed with respect to the top surface of the magnet and
extended downwards.

To investigate the influence of a ferromagnetic baseplate on the load
capacity, model C and D are introduced. Model C and D correspond to
model A and B respectively, however with a 3 mm steel plate added.
The baseplate is directly attached underneath the lowest part of the
ferrofluid bearing (Fig. 2).

2.3. FEM analysis and load calculation

The magnetic fields generated by the different bearing configura-
tions are calculated using the numerical analyses package COMSOL 5.3.
The magnetic field intensity at the different fluid-air interfaces
(H;1 Hi; Hyy Hy,) have to be evaluated in order to calculate the total load
capacity according to equation (5).

The low grade steel of the rings surrounding the magnet is modelled
by using the BH curve from the soft iron (with losses) material in the
COMSOL library. Fillets are constructed at all the corners to prevent
singularities in the calculations [36]. The model and the result of a
single simulation example can be seen in Fig. 3 and Fig. 4. This example
corresponds to model C as defined in Fig. 2. The bearing models are
parameterized and controlled by Matlab (2017b) using the Livelink
toolbox to find an optimal geometry.

The distribution of the magnetic field given in Fig. 3 is evaluated
along a horizontal line at a specified height above the highest surface of
the bearing, the so called fly height as defined in Fig. 1. An example of
this line evalutation is given in Fig. 4 and is used to extract the magnetic
strengths of the different interfaces. The ferrofluid will position itself at
maximum load such that the inner fluid interfaces H; and H;, are
located at the maximum field intensities thus the peak values of Fig. 4.
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Fig. 3. This figure presents the distribution of the magnetic field expressed in
Tesla for the bearing testing setup of model C consisting of the ring magnet,
steel rings and baseplate. The magnet is modelled after HKCM 9963-58947
with an axial magnetization strength of 1.25 T. The magnetic behaviour of the
steel rings and baseplate is modelled in COMSOL using the built-in BH-curve of
soft iron.
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Fig. 4. This figure presents the results of the FEM analysis for the magnetic field
intensities, at 2 different fly heights, for the ring magnet (40 mm X 23 mm X
6 mm) with and without the addition of 3 mm X 6 mm steel rings. The magnetic
flux density of the magnet is 1.25T.

Hy, is evaluated at the valley between the peaks in the middle of the
magnet at a fly height of zero. When the value of Hy,; is bigger than
either Hj; or Hj,, one seal and one air pocket is created. This comes
from the fact that the fluid flows to the outer interface when the peak at
a certain fly height is lower than the lowest value of the field intensity
at the magnet (h= 0). The load capacity is then calculated with only the
first part of equation (5). When both peaks are higher than the lowest
field intensity at the magnet, two seals are created and both terms in
equation (5) are taken into account. H,, is evaluated at the fluid in-
terface of the outer seal for a certain fly height. When the flyheight
decreases, the ferrofluid seal is pushed outwards. For the magnet only,
the outer interface of the ferrofluid seal increases from a radial distance
of 21 mm-21.2mm for fly heights of 1 mm-0 mm respectively. When
steel rings are added, the radial distance of the outer interface remains
21.5 mm for a fly height of 1 mm, but increases to the radial distance of
the outer steel ring at a fly height of 0 mm due to the steel rings. These
values are observed experimentally and are interpolated linearly.

The radial position of the different field intensities are used to cal-
culate the areas of the seals and the pockets. Finally, the load capacity
of the bearing is calculated by combining the different field intensities
with the corresponding areas and substituting this in equation (5).

To summarize, the FEM model (Fig. 3) is used to calculate the
magnetic field produced by the magnet. This field is then evaluated to
obtain the field intensities (Fig. 4), which can be used to calculate the
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Fig. 5. This figure presents the pressure increase over the ferrofluid seals for
both the magnet and the magnet with steel rings. The total load capacities for
the magnet only and for the magnet with steel rings are indicated as the red and
orange area resp. (For interpretation of the references to colour in this figure
legend, the reader is referred to the Web version of this article.)

corresponding pressure distribution (Fig. 5) using the presented ana-
lytical model. Finally, the load capacity is obtained by integrating the
pressure distribution of the area, indicated by the red area in the figure.
Note that in Fig. 5 the pressure distribution and load capacity for the
magnet only and for the magnet with steel rings are presented.

2.4. Experimental setup

The analytical model presented in section 2.1 is validated by com-
paring the predicted load capacity of the bearing with and without steel
rings to the results of the measurements. Measurements are done to
investigate the maximum load capacity of the bearing and validate the
analytical model.

2.4.1. Load capacity

The maximum load capacity of the bearing with and without steel is
measured using a tensile testing machine (Zwick/Roell Z005) capable
of measuring the force over displacement. To prevent systematic errors,
the machine is calibrated before measuring the load capacity. Each
measurement is done three times to detect possible random errors. The
velocity of the head of the testing machine is set to be 1 mm/min.

The bearing is mounted on top of a steel base plate, which corre-
sponds to bearing model C (Fig. 2), and clamped on the table below the
machine, see Fig. 6. Both the rings and the baseplate are made of low
grade steel in the test setup, since the material is relatively cheap and
has desirable ferromagnetic properties, which approximates the mate-
rial used in the analytical model. There is assumed that the stiffness of
the table is infinite with respect to that of the bearing. Moreover, the
mounting is assumed to be rigid. Note that the volume inside the

Head

Steel base plate

Bearing

Fig. 6. This figure presents the bearing consisting of a ring magnet, two steel
rings and ferrofluid. The ring magnet, HKCM 9963-58947 with dimensions
40mm x 23 mm x6mm and a flux density of Bz = 1.25T, is placed on a steel
baseplate. This plate is clamped on the table and placed below the testing
machine. 1 mL of ferrofluid is added to the bearing. The velocity of the head of
the testing machine is set to be 1 mm/min.
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magnet (and steel) in Fig. 6 is reduced by placing an aluminium cy-
linder inside. This is done in order to minimize the compressibility ef-
fect of air by reducing the volume of the inner air pocket [7]. Alumi-
nium is chosen for its non-ferromagnetic properties, high stiffness and
availability.

All the components are sealed and mounted with glue to prevent air
leakage out of the two pockets. Then, 1 mL of FerroTec EFH1 is added.
This amount of ferrofluid is redundant and can therefore create one or
multiple air pockets and has a load carrying capacity up to fly heights of
1 mm.

The measurement of the load capacity starts just before the head of
the testing machine touches the ferrofluid. No pressure can be build up
across the seals at this point yet, because there are no separate air
pockets and therefore no difference in magnetic field intensity across
the ferrofluid seal (AH = 0). The fly height is then decreased until the
head of the testing machine starts pushing on the magnet itself. This
indicates the end of the measurement of the load capacity.

2.5. Optimization

In this section the validated model, see results in section 3.1, will be
used to optimize the geometry of the bearing models given in Fig. 2 for
maximum load capacity. For the optimization, the fly height h is set to
be 0.2 mm. The optimization of model A shows that the thickness of the
steel rings should be equal to the thickness of the magnet, see results in
section 3.2. Therefore, bearing model B is introduced. The configura-
tion given in Fig. 2 of model B is optimized in a symmetric and asym-
metric way. To investigate the influence of a ferromagnetic baseplate
model C and D are introduced, as presented in section 2.2.

2.5.1. Optimization model A and C

The bearing models A and C presented in Fig. 2 will be optimized in
both a symmetric and asymmetric configuration. The symmetric opti-
mization is done in order to see the effect of the different variables on
the load capacity of the bearing. Symmetric means in this case that the
cross section of both steel rings have the same dimensions, thus
Wiert = Wright> Tiesi = Trign and therefore Az = AZygn;, as can be seen in
Fig. 7. The design variables are normalized with respect to the di-
mensions of the magnet such that the results are easier to interpret. The
normalizations are given in equations (7)—(9).

T _ Rteel
ratio =
Tmag 7
Witeet
I’Vmu‘o =
mag 8
Az
AZrgiio = ———
Tmag 9

This results in two design variables for the symmetric optimizations,
namely: Ty and W. The design variables for the asymmetric

symmetric optimization

. M'-n_grlnl . Steel

Fig. 7. This figure shows the variables for symmetric optimization and the cross
sections of the steel rings.
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optimizations for both models are: Tratio—lefts
Weato—tefis Tratio—rights Wratio—righi- The AZpagio is introduced to investigate
the height of the steel relative to the height of the magnet.

2.5.2. Optimization model B and D

The bearing models B and D, presented in Fig. 2, will be optimized
in a symmetric and asymmetric way. The symmetric optimization is
done in order to see the effect of the different variables on the load
capacity of the bearing. Due to symmetry, W = Wygn and Ty = Trign-
The design variables for the symmetric optimization of models B and D
are reduced to: T, and Wy, and are defined in Fig. 7.

Finally, the asymmetric optimization is performed to see if in-
troducing asymmetry in the system can further improve the load ca-
pacity. Note that all the different parameters are again normalized with
respect to the magnet in the results. The design variables for the
asymmetric  optimization of models B and D  are:

T}atio—lefb 1’Vrutio—lefh T;'a[io—righ[, "Vra[io—righ[’ as defined in Fig. 2.

2.5.3. Optimization algorithm

To find an optimum for the configurations described above, an al-
gorithm is designed. The algorithm can be seen as a multi-point ap-
proximation method. It evaluates a certain preset subdomain of the
design space. The optimal point of the subdomain is considered to be
the midpoint of the next subdomain in the next cycle. The process can
be seen in Fig. 8. In the asymmetric optimization of the steel rings, this
results in a 4D subdomain, consisting of all the design variables. This
algorithm solves the optimization problem and is convenient since the
function evaluations ask a lot of computational effort.

A subdomain is built using its midpoint, the length of the subdomain
and the number of samples. The side length of the subdomain is chosen
such that the dimensions of steel increase from no steel rings up to the
inner side of the magnet completely filled with steel. Then the sub-
domain is evaluated and the minimum value is determined. To achieve
convergence, the size of the new subdomain must be smaller than that
of the previous one. Therefore, the length of each side of the new trust
region is scaled. Scaling (< 1) of the subdomain makes the algorithm
converge to a certain optimum. The scaling number is determined
iteratively by varying this number. A small scaling number makes the
subdomain converge too fast and the optimal value is not found
(S < 0.4). A larger scaling number result in more iterations, but the
optimum is found (0.4 < S < 0.1).

3. Results
3.1. Load capacity
The

load capacity has been analytically calculated and

Optimization Algorithm Visualisation

— ] B neration1
M nerationz
ey [ ieration3
@2 . - W iterationa
ﬁ :E‘g 2 Found
g o Ik g Sl optimum
=
% L L '. — “
- :
m &
(a]
Design Variable X;

Fig. 8. This figure presents the way the optimization algorithm works. In the
first step the entire domain is considered in which 9 points are evaluated. The
best point will be the centre of the next iteration step in which the domain will
be smaller. These steps will be repeated until an optimum is found.
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Fig. 9. This figure presents the load capacity predicted by the analytical model
and measured by the testing machine versus different fly heights for the magnet
only and the magnet with 3 mm wide inner and outer steel rings that have the
same z-position as the magnet.

experimentally measured for both the single magnet and the magnet
with steel rings for several fly heights. These results can be seen in
Fig. 9. The results of the different experiments are indicated with
continuous lines while the calculations are indicated with crosses.

Notable is that adding a 3mm wide inner and outer ring of steel
improves the load capacity of the bearing at fly height 0.2 mm with
approximately a factor 4. For higher fly heights this factor ranges ap-
proximately from 3 to 4. This is a significant improvement compared to
the ferrofluid pocket bearing without the steel rings. Also note the zig-
zag pattern in the measurements for the improved bearing at lower fly
heights.

The overall behaviour of the load capacity of the improved bearing
is predicted well by the calculations and both the model and mea-
surements are in good accordance with each other.

3.2. Optimization

The results of the optimization of model A are given in Fig. 10. From
this plot it can be concluded that the load capacity is the highest for
Az = Omm for all the different normalized widths of the steel rings.
Note that the load capacity significantly decreases if Az, deviates
from zero.

The results of the symmetric optimization of model B are given in
Fig. 11, Figs. 12 and 13. Fig. 11 shows the load capacity for the two
design variables in a single surface plot. Figs. 12 and 13 show side views
or cut troughs of the surface plot in Fig. 11.

Fig. 13 shows that the T, needs to be approximately 1.2 or higher.
The load capacity decreases significantly when the T,,;, decreases. In
combination with Fig. 13 this leads to the conclusion that for a

50
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Fig. 10. This figure presents the load capacity of the ferrofluid bearing with
additional steel rings for varying thicknesses and widths of the rings. These
dimensions are normalized with respect to the thickness and width of the
magnet.
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Fig. 11. This figure presents a surface plot of the load capacity of model B with
varying dimension parameters Hyy;, and Wgio-
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Fig. 12. This figure presents the load capacity of model B versus Wy, for dif-
ferent H,yp.
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Fig. 13. This figure presents the load capacity of model B versus H,y, for dif-
ferent W,gio.

symmetric configuration of steel rings without baseplate the maximum
load capacity of approximately 48N is achieved for T4, ~ 1.8 and
Waio =~ 0.26.

The results of the symmetric and asymmetric optimization of model
A, B, Cand D are given in Table 2. It can be concluded that the addition
of the ferromagnetic baseplate changes the optimal geometry of the
added ferromagnetic rings as can be seen in Figure 14. Furthermore,
when the baseplate is added, an additional 3N (~ 6%) increase in load
capacity can be obtained.

A visual representation of the optimized bearing configurations for
the bearing models is given in Figure 14. The dimensions of the steel
rings and the load capacities can be found in Table 2.
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4. Discussion
4.1. Analytical model and measurements

Overall, the measurements show that the load capacity of the fer-
rofluid double pocket bearing is increased 3 to 4 times depending on
the fly height by the addition of steel rings around the ring magnet.
Addition of these ferromagnetic rings increases the difference in mag-
netic field intensities over the ferrofluid seal. This increase has the
advantage that capillary effects can be overcome such that two air
pockets are created. Both the increase in difference in field intensities
and the addition of the second seal contribute to the total load capacity,
leading to an increase of a factor 4.

The measured load capacity of the bearing with and the bearing
without steel rings correspond well to the calculated load capacity.
However, the calculations do slightly differ from the actual measure-
ments for both models. From the results it can be seen that at lower fly
heights the load capacity for both models is overestimated. This over-
estimation is probably due to the fact that capillary effects are not taken
into account in the mathematical model. Moreover, these capillary ef-
fects increase when the fly height decreases.

Also for a magnet with steel rings, the load capacity is over-
estimated. It seems that the capillary effects are overcome and two seals
are formed. However, for low fly heights, the ferrofluid is pushed
outwards too far due to the steel rings and do not participate in the load
capacity anymore. Therefore, the volume of effective ferrofluid de-
creases during the measurements, leading to an overestimation of the
load capacity. When the amount of effective ferrofluid is overestimated,
the realistic value of the H,, is not the lowest value for the field in-
tensity at the magnet and is therefore not located at the valley. The
outer interface of the ferrofluid will be located at a higher field in-
tensity, leading to a lower load capacity.

On top of that, the steel rings are modelled in COMSOL as soft iron.
In reality, there will be a difference in material properties between the
steel rings and the material used in the model. The overall behaviour/
shape of the predicted load capacity of the bearing with steel does
correspond well to the measurements, and therefore the model can be
seen as valid and is used for optimization. It is likely that finding a
better BH curve will reduce the overestimation of the load capacity.
Another possible error in the FEM model is the applied radius of the
fillets, which might also differ from the actual fillets of the steel rings
and magnet used in the experimental setup. Note that in general the
FEM model starts to become unreliable when the fly height is ap-
proaching zero. This is due to effects in the FEM analysis near bound-
aries and corners of the magnet.

When the fly height is decreased in the measurements, the assumed
incompressible ferrofluid is pushed outwards. The fluid-air interfaces
get displaced outwards, this increases the areas of the seals and changes
the magnetic field intensities at the different interfaces. These effects
are included in the analytical and numerical model. In the model, the
most outer interface is assumed to linearly increasing from a radial
distance of 21 mm-21.2mm and 21 mm to the radial distance of the
edge of the outer steel ring for the magnet only and the magnet with
steel rings respectively. Implementation of a more realistic gradient in
this outer interface will probably yield better results.

When the fly height is decreased the air pressure inside the pockets
increases until the point that the seals cannot withstand the pressure
anymore. Air escapes out of the pocket and causes the ripples or zig-zag
pattern in the measurements in Fig. 9.

4.2. Optimization model A and C

When the Wy, is (very) small there is simply very little steel added
to the bearing resulting in that the influence of the steel on the mag-
netic field is almost negligible. To prevent instant saturation, the Wy,
has to be higher than a certain value. Approximately a Wy, of 0.3
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Table 2
This table presents the overview of the optimization of the load capacities for the different bearing models discussed in this article without and with baseplate.
Model Design variables Field intensities Result
Tratio—left Wmtio—leﬂ Tratio—n‘ght "an'o—n'ght X 105 H x 10° H x 10° X 105 LOAD CAPACITY [N]
T A/m o A/m 2 Alm 2 Alm
A Symmetric 1 0.27 1 0.27 8.268 3.652 7.581 1.486 47.29
Asymmetric 1 0.24 1 0.29 8.238 3.648 7.585 1.417 47.65
B Symmetric 1.8 0.26 1.8 0.26 8.53 3.708 7.692 1.547 48.06
Asymmetric 1.71 0.27 1.71 0.31 8.500 3.702 7.700 1.5 48.31
C Symmetric 1 0.37 1 0.37 8.835 4.225 8.198 1.420 51.19
Asymmetric 1 0.35 1 0.37 8.822 4.224 8.203 1.420 51.20
D Symmetric 1 0.37 1 0.37 8.835 4.225 8.198 1.420 51.19
Asymmetric 1 0.35 1 0.37 8.822 4.224 8.203 1.420 51.20

balances complete magnetic saturation and diffusion of the magnetic
field into the steel when the width of the steel rings becomes to large.

Regardless of the width of the steel rings, the thickness of the steel
rings has to be equal to the thickness of the magnet to obtain the
maximum load capacity (section 3.2). When the thickness of the steel
rings is less than that of the magnet, the magnetic field is less con-
centrated at a fly height just above the magnet because the field lines
have to travel a greater distance through the air to close the magnetic
circuit using the steel. Also due to the low relative permeability of air,
the magnetic field lines diffuse into the air, which lowers the load ca-
pacity. On the other hand, when the thicknesses of the ferromagnetic
rings are higher than the magnet, the fly height is defined as the dis-
tance between the non-ferromagnetic plate and the top of the steel rings
instead of the magnet (Fig. 2). The magnetic field will in this case be
concentrated within the volume above the magnet and between the
steel rings surrounding the magnet while the load capacity is de-
termined by the fly height above the steel rings where the magnetic
field is much weaker. Therefore, taking the thickness of the steel rings
smaller than that of the magnet is less detrimental to the total load
capacity of the ferrofluid bearings than taking the thickness too big.

Besides that, steel rings with the same thickness as the magnet have
the advantage that the flat top prevents the ferrofluid from dripping
down. In this way, the ferrofluid can be used in an optimal way since
the ferrofluid seal is able to span a greater horizontal length which
increases the load capacity since the difference in magnetic field in-
creases between both interfaces (AH = H; — Hy).
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4.3. Optimization model B and D: symmetric

When the T, is (very) small there is simply very little steel added
to the bearing resulting in that the influence of the steel on the mag-
netic field is almost negligible, see Fig. 12. The magnetic field has to
travel through the air instead of the added steel. Therefore, increasing
the thickness of the steel rings increases the load capacity significantly
until a T4, of 1.2 is reached for the bearing without baseplate (model
B). For a Tpy, of 1, the thickness of the steel rings and the magnet are
equal. In this case, the magnetic field leaves the steel and has to make a
180° turn through the air to close the magnetic circuit. Steel rings which
are slightly thicker than the magnet reduce this turn to 90°. Therefore a
Traiio Of at least 1.2 results in the highest load capacity. Further in-
creasing the thickness of the steel beyond a ratio of 1.2 has no influence
on the load capacity since the magnetic field does not protrude into the
added steel since this would increase the path by the magnetic field
lines to close the magnetic circuit. When a baseplate is added below the
bearing the thickness of the steel rings has to be equal to the thickness
of the magnet.

This can be explained by looking at the magnetic properties of the
added material. Once the width of the rings is too small, magnetic sa-
turation of the rings occurs which can be seen in Fig. 12. After the
ferromagnetic material is saturated, the magnetic field is not influenced
by the material anymore. Therefore, the magnetic saturation of the
ferromagnetic material limits the load capacity. Increasing the width
increases the load capacity. However, when the width of the rings is too
large, the field lines are not concentrated at the edges of the magnet
where the ferrofluid will be placed, but distributed into the steel rings,

‘Axis of symmetry

Oawminum [Magnet [l steel
Axis of symmetry

D&Iummum B Magne H steel

Fig. 14. This figure presents the optimal bearing configurations to achieve maximum load capacity for the ring magnet sandwiched between steel rings without being
placed on top of a baseplate (model A and B) and placed on top of a baseplate (model C and D).
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which decreases the load capacity. When the width of the rings is in-
creased even further, the dispersion does not increase and therefore the
load capacity remains constant which explain the behaviour in Fig. 12
for increasing widths of the steel rings.

Therefore, it can be concluded that the steel needs to have a certain
minimum width to prevent magnetic saturation. The optimal width of
the rings for the symmetric model B is W}y, = 0.26 which balances the
magnetic saturation and dispersion of the magnetic field. When a
baseplate is added (Model D) the rings need to be a little bit wider
(Table 2), namely Wy, ~ 0.37. Note that when the inner ring is in-
creased such that the magnet is completely filled with steel, the mag-
netic field is short circuited and the load capacity decreases.

4.4. Optimization model B and D: asymmetric

The optimal thickness of the rings in the asymmetric optimization of
model B happens to be symmetric, namely T4, = 1.71 for the bearing
without baseplate, see Table 2. The thickness of the rings exceeds the
thickness of the magnet such that it is easier for the magnetic field to
close the magnetic circuit. Only a turn of 90° is required for the mag-
netic field when it leaves the steel ring instead of a full 180° turn. When
an additional ferromagnetic baseplate is added the optimal thickness of
the rings is equal to the thickness of the magnet which is quite con-
venient when mounting the bearing. This way the entire magnet is
surrounded by steel except for the top surface where the ferrofluid is
placed. Besides that the addition of the baseplate changes the optimal
thickness significantly such that the bearing can be mounted much
more easily, the load capacity is increased by approximately 3N (~6%)
therefore it is recommended to choose the thickness of the rings equal
to the thickness of the magnet and to mount the bearing on a ferro-
magnetic baseplate.

The optimal width for the steel rings also depends on the presence of
a baseplate. As earlier mentioned, a certain minimum value for the
width is required to prevent magnetic saturation. If the width is too
large the concentration of the magnetic field is decreased which de-
creases the load capacity but this effect is not as detrimental as the
magnetic saturation of the steel. When a baseplate is present, the op-
timal widths of the steel rings is slightly bigger with respect to a bearing
without baseplate, namely Wraio ~ 0.27 (model A) &
Wiaio = 0.26(model B)  versus Wy, ~0.37 (model C) & W,y ~ 0.37
(model D) respectively. Introducing asymmetry into the system only
increases the load capacity marginally (0.1%) and one can therefore
argue whether it is worth the trouble to implement this in practice.

The load capacity can even be increased further if the strength of the
magnet and the magnetic saturation of the ferromagnetic material are
increased. A larger magnet (a larger T, or W) has a bigger volume
and therefore higher magnetic field intensities which increases the load
capacity. This is not investigated in this article since it is not a cost
effective way to increase the load capacity. Also, a stronger magnet
results in an increase of the optimal width of the rings in order to
prevent complete magnetic saturation. Increasing the magnetic sa-
turation of the ferromagnetic material does exactly the opposite,
namely resulting in a smaller optimal width. This comes from the fact
that less material is needed to prevent saturation. Thus, choosing ma-
terials with better magnetic properties for the rings can increase the
load capacity of the described ring magnet even more. However, using
different ferromagnetic materials than steel could increase the costs,
which makes the increase in load capacity by adding a ferromagnetic
material less cost effective. These and many other possible improve-
ments are not discussed in this article since the goal was to increase the
load capacity of a ferrofluid bearing in a cheap and easy manner.

5. Conclusion

The experiments show that the model is in good accordance for the
bearing with and without the ferromagnetic rings.
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Overestimation of the load capacity is probably caused by capillary
effects, an overestimation of the amount of effective ferrofluid and a
mismatch between the modelled magnetic saturation and the actual
material properties of the steel used in the test setup. The bearing
furthermore shows excellent repeatability after an initial compression.

The addition of steel rings does not only increase the differences in
field intensities, but also gives the opportunity to overcome the capil-
lary effects and give rise to a second seal. Therefore, it can be concluded
that the load capacity of the ferrofluid pocket bearing can be improved
by the addition of steel rings up to a factor of 3-4, depending on the fly
height and the dimensions of the steel.

Optimization shows that the maximum load capacity is reached if
the thickness of the steel is equal to the thickness of the magnet and if
the bearing is mounted on a ferromagnetic baseplate. Moreover, the
optimal width depends on the magnetic saturation of the rings and the
strength of the magnet. Ideally, the rings are on the verge of being
completely saturated which optimally concentrates the magnetic field
at the corners of the magnet. The optimal width of the steel for the ring
magnet described in this report is approximately a third of the width of
the magnet.
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Abstract
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Ferrofluid pocket bearings are interesting for fast and precise positioning systems thank to the
absence of stick-slip, the low viscous friction and their cost-effective nature. However, the
characteristics of the bearing change due to over(de)compression since air escapes out of the enclosed
pocket. This article presents an experimentally validated model that includes the air mass inside the
pocket in the calculation of the equilibrium position of the ferrofluid bearing. Moreover, a simple and
efficient way to obtain the operational range of the bearing is presented and a sensitivity analysis was
performed. The sensitivity analysis showed that ferrofluid pocket bearings are always self-aligning
and that the tilt stiffness increases when the fly height decreases or the tilt angle increases.

Supplementary material for this article is available online

Keywords: precision engineering, numerical modelling, hydrostatic bearing, magnetism,

sensitivity analysis, rotational stiffness, sealing capacity

(Some figures may appear in colour only in the online journal)

1. Introduction

A ferrofluid is a colloidal suspension of small magnetic par-
ticles inside a carrier fluid. The magnetic particles (3—15 nm),
often covered with a layer of dispersant, give the fluid para-
magnetic properties [1-3].

Numerous applications have been suggested for ferro-
fluids over the years [4—7], ranging from sensors [8, 9] and
actuators [10-14] to the use of ferrofluid as a lubricant [15] or
an energy harvester [16]. Another frequently suggested
application is to make staged [17] and non-bursting [18]
ferrofluidic seals. This enables rotary shafts to be sealed
without the common disadvantage of wear [19, 20], like in
vacuum feedthrough [21] or aqueous environments [22].
Ferrofluid bearings and seals can be optimised by maximising
the magnetic force generated by permanent magnets using
ferromagnetic material [23-25]. The absence of stick-slip also

Original content from this work may be used under the terms

BY of the Creative Commons Attribution 3.0 licence. Any
further distribution of this work must maintain attribution to the author(s) and
the title of the work, journal citation and DOIL
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makes ferrofluid bearings useful in high precision systems
[26-30].

Ferrofluid bearings can be classified as either pressure
bearings or pocket bearings [31]. Ferrofluid pressure bearings
only rely on the pressure inside the ferrofluid to carry a load.
Pocket bearings on the other hand rely on both the pressurised
air pocket, which is encapsulated by the ferrofluid seal, and the
pressure inside the seal itself. The pressure is a result of the
magnetic body force which depends on the external magnetic
field and the boundary condition of the magnetic fluid [32, 33].

Lampaert et al [34] presented a mathematical model to
calculate the maximum load capacity of ferrofluid pocket
bearings. Over(de)compression of a ferrofluid pocket bearing
resulted in air escaping in and out of the pocket which sub-
sequently changed the behaviour of the bearing. However, the
bearing also showed good repeatability over multiple com-
pression-decompression cycles when the mass inside the
pocket is unaltered. In practice, this is the operational range of
the bearing.

In this article, the behaviour of the bearing after over(de)
compression is modelled to determine its operational range.
First, an experimentally validated model is presented to

© 2019 IOP Publishing Ltd  Printed in the UK
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Figure 1. A cross-section of the ferrofluid pocket bearing defines the
parameters used in this article. The cylindrical magnet, with
magnetisation M, is placed in a non-ferromagnetic base (grey).

calculate the position of the ferrofluid seal depending on the
air mass inside the pocket. Next, this position will be used to
calculate the load capacity of the ferrofluid bearing according
to literature. Moreover, a simple and efficient way to obtain
the operational range is presented based on only the strength
of a ferrofluid seal and the mass inside the pocket. Finally, a
sensitivity study was performed in order to see how different
variables affect the load capacity and operational range of the
bearing.

2. Methods

First, the calculation of the strength of a ferrofluid seal in the
presence of an external magnetic field is described. Subse-
quently, the load capacity of the bearing is derived and the
sensitivity of the load capacity with respect to tilt is analysed.
The sensitivity can be used to determine how the bearing
performs in practice where disturbances are present. The ideal
gas law is introduced to calculate the air mass enclosed by the
ferrofluid seal. Next, the finite element method (FEM) model
is introduced, which will be used to calculate the positions of
the interfaces between ferrofluid and air. The magnitude and
positions of the interfaces will subsequently be used to cal-
culate the load capacity and torque of the bearing. The load
capacity is calculated according to Lampaert et al [34].
Finally, the experimental set-up that was used to validate the
predicted load capacity of the bearing is introduced. Figure 1
shows the schematic of the bearing including all the important
parameters.

2.1. Mathematical model

2.1.1. Ferrofluid seal. The pressure inside a stationary
ferrofluid seal can be derived from the Ferrohydrodynamic
Navier—Stokes equations for incompressible Newtonian fluids
[2, 35]. In the derivation, it is assumed that the ferrofluid is
completely saturated and that the only body force present is
the magnetic body force. The result is equation (1) for the
pressure distribution inside a ferrofluid [24, 34]. In this
equation, the pressure (p(r)) inside the ferrofluid at a specific

x10 X10~

S
—d =1 N
0.9
0 5 10 15 20 25 30
v [mm]
Fr 7
VIR 2R 2R 2R Vv ¢¢]
) )
P (K
p; Py
p(r)
I”'l. >
|
To

Figure 2. The pressure distribution (middle figure), acting on the
plate above the bearing (bottom figure), is a result of the shape and
placement of the ferrofluid seal (top figure). The total load capacity
is obtained by integrating the pressure distributions given in the
bottom figure. The coloured areas in the middle figure represent
visually the contributions of the seal and pocket to the total load
capacity of the bearing.

radial position (r) and fly height (%), is dependent on the
magnetic field intensity (H(r)) at that specific location and the
magnetic field intensity of the outer fluid-air interface (H,).
Moreover, f is the permeability of vacuum and M; the
saturation magnetisation of the ferrofluid.

p(r) — py = woM(H (r) — H,). ey

Equation (1) can be used to calculate the pressure difference
over a ferrofluid seal (Ap or p; — po) by evaluating the
magnetic field intensity at the inner interface (H;) and at the
outer interface (H,), equation (2). Figure 2 shows the location
and shape of the ferrofluid seal for an arbitrary H; and H,, at h.
The figure also shows the resulting pressure distribution.
Next, equation (2) can be used to calculate the maximum
pressure difference that a ferrofluid seal can withstand. The
maximum pressure difference (p; e — Po) i determined by
the maximum difference in magnetic field intensity that can
be achieved across the ferrofluid seal (AH or H; — H,). For
the geometries discussed in this article, this maximum is
obtained when the inner ferrofluid interface is located at the
maximum magnetic field intensity at that specific fly height,
thus when H; = H,,,,. This results in equation (4) for the
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Figure 3. The shape of the ferrofluid seal and the resulting pressure
distribution over the seal for a maximum pressurised pocket at a
height 4. The corresponding load capacity of the seal and the pocket
are indicated in orange and yellow.

calculation of the maximum strength of the seal. Note that the
value of H,,,. is dependent on the the magnetic field
generated by the permanent magnet and the fly height. The
value of H, is dependent on the amount of ferrofluid present
in the system (V). Figure 3 shows the corresponding location
and shape of the seal, the pressure distribution and magnetic
field intensity over the seal

p; — Po = poMs(H; — H,), 2)
M,
m; = p; Vi I;Tr' 3)

The same reasoning applies to the calculation of the
minimum pocket pressure, given in equation (6). In that case,
the magnetic field intensity at the outer interface equals the
maximum magnetic field intensity at that fly height
(H, = H,,,,)- This results in a negative pressure drop over
the seal, since H, > H,. Figure 4 shows the shape of the
ferrofluid seal for a minimum pressure inside the pocket and
once again the pressure distribution and magnetic field for
that specific configuration. Note that the pressure inside the
pocket is lower than the ambient pressure. The corresponding
pressure difference the seal has to withstand is referred to as
the minimum strength of the ferrofluid seal

Pimax — Po = /“LOMS(Hmux - Ho)v (4)
M, ir

Mimax = Pi max Vi.maxﬁ_aTa 5)

Pimin — Po = MOMs(Hi — Hyax), (6)
M, ir

Mi min = Pj min Vismi”—_a (7)

RT’
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Figure 4. The shape of the ferrofluid seal and the resulting pressure
distribution over the seal for a minimum pressurised pocket at a
height 4. The corresponding load capacity of the seal and the pocket
are indicated in orange and yellow.

2.1.2. Load capacity. Integration of all the different forces
that act on the plate (figure 2) results in the total load capacity
of the bearing (F;), equation (8). Combining equations (2)
and (8) results in equation (9) for the load capacity expressed
in a cylindrical coordinate system. The total load capacity is
made up of the contribution of the air pocket and the
contribution of the ferrofluid seal. The radial position of the
inner interface is denoted by r; and the outer interface by r,

27 I,
F= fo fo (p(r) — po)r dr dé, ®)

rﬂ
Fi = poM(H; — Hy)mr? + 2mpgM, [ (H () = Hy)r dr.
Air pocket il

Ferrofluid seal

©)

Figures 2—4 visually show how the load capacity is calculated
using equation (8) or (9). The contribution of the pocket to the
total load capacity is indicated by the yellow marked area,
while that of the seal is marked orange.

The stiffness of the ferrofluid bearing can be calculated
by taking the derivative of the load capacity with respect to
the vertical position, equation (10)

dfy

k, = . 10
2 p (10)

2.1.3. Tilt. The plate at height & above the magnet is now
tilted around the y-axis in clockwise direction by a tilt angle
a, figure 5. The tilt angles are assumed to be small (o < 1°),
therefore at an angle 0, « is reduced to ~ according to
equation (11). A cross-section of the bearing at angle 6 is
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Figure 5. Schematic representation of the tilted bearing. The plate is
tilted around the y-axis by an angle a.. A cross-section of the bearing
at the angle 6 is shown in figure 6.

H(r0')

Figure 6. The shape of the ferrofluid seal and the resulting pressure
distribution over the seal for a tilted bearing. Note that a body fixed
frame of reference is introduced in the center of mass of the plate and
that the tilt angle  is introduced.

given in figure 6. This figure presents the pressure distribution
that acts on the plate. Moreover, a body fixed frame of
reference (v, 0, 7) is introduced which will be used to
calculate the load capacity and torque.

In contrast to equation (8), the pressure is now dependent
on the angular coordinate 6’, since the system is not
axisymmetric any more. The total load capacity of the
bearing perpendicular to the surface of the plate is obtained by
combining equations (2) and (12), (13). The load capacity in
vertical direction is approximately the same as the load
capacity perpendicular to the surface of the plate for small tilt
angles (F; ~ F/). Note that in this analysis, part of the
resultant force Fi, acting in r-direction due to the tilt, is
neglected. This force accelerates the plate and possibly results

in the plate gliding off the ferrofluid
v = « cos(h), (11)

27 (0"
F =f f (p(r', 0') = po)r'dr'de’,  (12)
0 0
27 ri")
Fl = poMy(H; — H,) f f r dr! de’
0 0

21 prg(®)

+ poM f f (H(', 0) — Hy)r' dr' do),
0 e

/@) 13

Next, the torque that acts on the plate around the y-axis
(M,) can be calculated by multiplying the pressure distribu-
tion with its lever arm and integrating it over the entire area of
the bearing, equation (14). Note that this is easily done in the
body fixed frame of reference since the pressure distribution
acts normal to the plate. Due to symmetry the resulting torque
around the x-axis is zero

27 ', (0"
_ - roan / Nt A A0
M_\,_j; fo (p(r', 0") — po)r’ cos(@) ' dr' d.
(14)

Finally, the tilt stiffness of the bearing (k) around the y-
axis (¢-direction) can be calculated by taking the derivative of
the torque with respect to the tilt angle, equation (15). The
negative sign is missing since the angle « is defined in the
negative ¢-direction

dm,

ky = —. 15
°= Ta (15)

The sensitivity of the load capacity and operational range
with respect to tilt will be included in the sensitivity analyses.
Moreover, the effects of the saturation magnetisation and the
applied volume of ferrofluid are included, see the results in
section 3.

2.1.4. Mass inside pocket If the pressure inside the pocket
exceeds the maximum pressure the seal can withstand with
respect to ambient pressure (equations (4) and (16a)), the seal
breaks, air escapes and the bearing loses mass until equilibrium
can be obtained again (figure 3 and equation (5)), as observed by
Lampaert et al [34]. Consequently, this mass loss changes the
characteristics of the bearing, namely the load capacity and
stiffness. Mass gain also changes the characteristics. When the
pressure difference over the seal exceeds the minimum strength
of the seal (equations (6) and (16¢)) it breaks. The result is that
air surrounding the bearing moves through the seal into the air
pocket. This process continues until the bearing gained sufficient
air mass such that equilibrium can be obtained again, (figure 4
and equation (7)).

By introducing the ideal gas law in the calculations, the
equilibrium position of the seal becomes dependent on the air
mass enclosed by the ferrofluid seal, equations (3) and (16b).
Compression and decompression of the bearing are assumed
to be done in a slow fashion, such that the system can
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Axis of symmetry

Figure 7. Air and ferrofluid are distinguished by the function I" in
the FEM.

continuously adjust itself to the temperature of the surround-
ings. Therefore, it is reasonable to assume an isothermal
process, RT= Constant, with the temperature assumed to be
room temperature, 7 = 293 K. The molar mass of air is
denoted by M,;, and the universal gas constant by R . Initially,
the mass of air inside the pocket is m; o, which is defined as
the mass encapsulated by the seal at the fly height A, figure 7

P; > Dinax LOOSIng mass, (16a)
piﬁmin <pz g pi,max Constant mass, (16b)
P; < P;min Gaining mass. (16¢)

2.2. FEM implementation

The goal of the FEM is to calculate the magnetic field pro-
duced by the magnet and subsequently to calculate the
equilibrium position of the ferrofluid seal for varying m;, Vy,
«, M and h. Using the position of the seal, the load capacity
and torque can be calculated and the total behaviour of the
bearing is obtained.

The shape and position of the ferrofluid seal for an
arbitrary fly height %, is completely defined by the two vari-
ables H; and H,,, figure 8. Therefore, an additional formulation
(I'), dependent on these variables, is introduced in the FEM,
in order to distinguish air and ferrofluid, figure 7 and
equation (17). I' = 1 for all the coordinates which are part of
the union of the sets {2; and €2, and indicates ferrofluid. Air is
defined by I" = 0, therefore volume integration of I results in
the total amount of ferrofluid present in the system,
equation (18). Next, the solving strategies for a perfectly
aligned bearing as well as a tilted bearing will be discussed

) Jrif(rz.0) € (4 J Q2) Ferrofluid
e = {0 0,20 ¢ (U U D) Air
)

Axis of symmetry

Figure 8. The ferrofluid domain (I' = 1) is divided into the sets 2,
and 2, which are defined by H,, H,, H,,,, and h.

Vy = /f (r, z, 6)dV. (18)

2.2.1. Perfect alignment. When there is no tilt, the system is
axisymmetric which simplifies " to I'(r, z). Therefore, the
system is modelled in COMSOL Multiphysics® (COMSOL
Inc. version 5.3.1.348) as 2D axisymmetric. First, the
magnetic field generated by the magnet is calculated.
Subsequently, the equilibrium position of the ferrofluid seal
is calculated by combining all the different forces
(equations (2) and (3)) with the description for the
ferrofluid (equations (17) and (18)). The calculations start
from the fly height Ay with the initial mass m; inside the
pocket with volume V;q, figure 7. The characteristic of
the aligned bearing is obtained by calculating the position of
the ferrofluid for different fly heights. An overview of the
solving strategy is given in figure 9.

222 Tit. Due to the tilt, the system is not axisymmetric any
more, figure 5. Therefore, the previously described solving
strategy cannot be used any more. The problem can still be
solved by modelling it in 3D, however this becomes
computational expensive when more accuracy is needed. In
order to reduce computational cost, the tilted bearing will be
approximated by implementing a 2D (middle) Riemann sum, in
which the pressure distribution at the centerline of each individual
part k, represents the pressure distribution of that entire part. The
interval and size (3 of each partition is determined by the number
of subdivisions N, figure 11 and equation (19).

To illustrate this, the pressure distribution of partition k
simplifies from p(r’, ") to p(r', 6 = Bk) on the interval
between its lower boundary (¢, ) and upper boundary (6, »).
Note that the tilt angles are small (o < 1°), therefore the
angular coordinate 6 is approximately the same in the global
and body fixed frame of reference (9’ ~ 6). The cross-section
presented in figure 6 corresponds to the centerline of the
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Specify variables:
m;, Vﬁ', M S h

Calculate magnetic field:
H(r, z)

Solve for static equilibrium:

Pi —Ppo = MOJ\IS (H’L - Ho)
m; —
pl‘/l N Maz‘r RT
h 1o

Vg = 277//I‘(r, z)rdrdz
0 0

TH

h max
%:277/ / (1=T(ry2)rdrdz
N 0 0 J
Output:
H;, H,
Calculate:
Fr (Eq. (9))

Figure 9. The solving strategy for the aligned (axisymmetric)
ferrofluid bearing.

orange partition presented in figures 5 and 11. Note that
increasing the number of elements increases the accuracy of
the approximation but also increases computational time. The
convergence study showed that a physics-controlled mesh
size 5 and N = 16 are required to obtain a relative error below
0.5%, see result in figure 15. The torque of the bearing (M,)
showed to be the most sensitive to small variations in the
calculated equilibrium position of the ferrofluid. Therefore,
M, is used to quantify the convergence of the calculation.
Note that M, is scaled with respect to the finest and therefore
assumed the most accurate calculation. This calculation
was performed using a physics-controlled mesh size 1
and N = 56.

The advantage of the discretization is that each partition
can be modelled using a 2D axisymmetric model, each with a

Specify variables:

mi, Vﬁ) Ms, h,

H(r,z)

|

{ Calculate magnetic field: }

Initial guess:
Hi ) Ho

Calculate: ‘

I'(r, z,0) for N models ‘

I

Evaluate:

pi —po = poM, (H; — H,)
N

m; —,
piy Vip= T

k=1
N Update:
2 H;, H,
Vi zZ/ / /F(r,z,&:ﬁk)rdrdez
k=17 6, , 0
v Ousk THipan

/ / :(1 —I(r,2.0 = Bk)) r drd0 dz
]

Static equilibrium? ‘ No
Vi correct? ‘

Yes

Output:
H;, H,

— T —

N S
Calculate:
Fu (Eq. (22))
M, (Eq. (23))

Figure 10. The solving strategy for the tilted (asymmetric) ferrofluid
bearing.

slightly different tilt angle (7, ~ acos(d = (k), equation (11)).
The disadvantage is that N calculations are needed. The model
is solved for static equilibrium in an iterative fashion for the
variables H; and H,, figure 10. The fminbnd algorithm in the
MATLAB® R2018a Optimisation Toolbox ™ (The MathWorks
Inc.) is used in combination with the Livelink for the finite
element calculations in COMSOL Multiphysics®. When H; and
H, are known, both the load capacity and torque of the tilted
bearing (equations (13) and (14)) can be calculated using the
discretization, equations (20) and (21). Note that the lever arm
of the pressure distribution can be approximated as r/ cos(6) for
small tilt angles

f=—, (19)
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Figure 11. The discretization of the tilted bearing (figure 5) in a top
view. The lever arm around the y-axis of a small pressure element is
displayed.

N o b pro(0=00
e f f (p(r', 0 = Bk) — po)r'dr'de,
k=1"0%% +0

(20)

N pra0=0k)
M~

—(p(r', 0 = Bk) — po)r’ cos(9)r'dr'dé. 1)

2.3. Experimental set-up

The presented model was validated by comparing the results
of the theoretical model and the experiments that were per-
formed as described below. In the validation, both the load
capacity and stiffness were compared and discussed.

Experiments were performed using a test set-up as shown
figures 12 and 13. A Zwick/Roell Z005 was used to measure
the force over displacement behaviour of the bearing. The
relative accuracy of the force measurement is 0.21%, whereas
the repeatability has an accuracy below 0.33%. For the dis-
placement measurement, the repeatability is 0.3 um and the
accuracy is 0.6 pm.

The ferrofluid bearing under testing consisted of a
cylinder magnet, HKCM 9961-835, with a radius of 40 mm, a
height of 10 mm and a remanent flux density of 1.28 T, placed
in an aluminium casing. Next, the magnet attached to the
aluminium casing, chosen for its non-ferromagnetic proper-
ties, was placed onto a low-grade steel plate. This is con-
venient since no glue or other connections were needed for
the connection of the base plate and magnet. Finally, the
magnet was mounted onto the testing machine using stainless
steel bolts and aluminium clamps, figure 12. It is important to
note that the head of the tensile testing machine was made of
aluminium. If the material would be ferromagnetic, the force
measurement would be errored, since the magnet would
attract the head of the machine.

Figure 12. The test set-up consists of the ferrofluid bearing (purple),
the head of the tensile testing machine (yellow) and the load cell
(orange). The stiffness of the test set-up is approximately

2% 10°Nm ™.

Figure 13. The ferrofluid bearing consists of the cylinder magnet (2)
which is placed inside the aluminium casing (1) and the ferrofluid
(3). The bearing is mounted to tensile testing machine (5) using
clamps, bolts and a steel base plate (4).

2.3.1. Initialisation. Before the measurement started, the test
set-up had to be prepared properly, meaning alignment of the
machine and bearing, application of the ferrofluid and
determination of the position of the surface of the bearing.
This was done in the following manner: the head of the tensile
tester was pressed onto the bearing with a force of 100 N, in
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—— Measurement 1
—— Measurement 2

Measurement 3
--- ho

t [min]

Figure 14. The position of the tensile testing machine (fly height /)
versus the time for the different measurements. All three measure-
ments start 1.5 mm above the surface of the magnet. 4 indicates the
height of the ferrofluid seal.

order to determine the position of the surface of the bearing,
h = 0 mm, and the stiffness of the test set-up, approximately
2 x 10°Nm™ "' At h = 0 mm, the surface of the head was
aligned to the surface of the bearing using the nuts and bolts,
red marking in figure 12.

Next, the head was retracted and ferrofluid was applied to
the system using a pipette. The pipette is slightly inaccurate,
since the ferrofluid was pulled out of the nozzle due to the
magnetic attraction of the magnet onto the ferrofluid.
Therefore, the mass of the pipette filled with ferrofluid was
measured before and after application of the ferrofluid, using
a weigh scale with an uncertainty of 0.005 g. By combining
the density of the ferrofluid, p = 1380kg m > , and the
difference in mass, which corresponds to the applied mass of
ferrofluid, the applied volume could be calculated.

The ferrofluid used in the measurements is the Ferrotec
APG S513A, which has a saturation magnetisation of
M, =32kAm™" at a temperature of 300K. The applied
volume of ferrofluid in the measurements was 0.38 ml.

2.3.2. Measurements. Before the actual measurements, an
initial pre-wetting step was performed. This means
compressing the bearing maximally until the head reaches
h = Omm. This was done in order to apply a thin film of
ferrofluid onto the head of the tensile testing machine, such
that the experiments performed afterwards were repeatable.
The thin film of ferrofluid only has to be applied once.
Effectively, this means that the applied volume of 0.38 ml is
slightly decreased.

After the pre-wetting step, three different measurements
were performed, figure 14. First, the maximum load capacity

1.05 -
Il' 1 F=|-==t========--=-cc=jmcc=cp=-===.
o= —— Mesh size: 1
S|
i / —— Mesh size: 3
va 0.95 |- Mesh size: 5
= —— Mesh size: 7
—— Mesh size: 9
--- £0.5%
0.9 ‘ ‘ | \ I |
0 10 20 30 40 50 60

N

Figure 15. The accuracy of the discretized model (figure 11) with
respect to the number of discretizations N. The convergence of the
mesh size and discretization is determined by scaling the torque M,
with respect to the finest and therefore assumed the most accurate
result, obtained using mesh size 1 and N = 56.

—— Measurement 1
—— Measurement 2
Measurement 3

40

) NWNgh ® Model
zZ N
— 20 . N \g. N
= N, “*‘.NN\'.:& .
n n 3 -

0 ﬁ » Lamen !8:]:7:-1..1“ w J..

h [mm)]

Figure 16. The modelled load capacity is compared to the
measurement results. The maximum load capacity is given in blue,
while red and yellow indicate two different compression and
decompression cycles.

of the bearing was measured by completely compressing the
bearing until 2 = O0mm. During the second and third
measurement, the bearing was compressed until heights of
0.1 mm and 0.35 mm respectively, after which the bearing
was fully decompressed. All the measurements were

performed with a speed of 0.3 mmmin .

3. Results

The results of the convergence study are given in figure 15.
Initially, when the number of discretizations N is small the
relative error is >5%. Increasing the number of discretizations
increases the accuracy of the model. In contrast, the conv-
ergence is fairly independent of the chosen physics-controlled
mesh size. A physics-controlled mesh size 5 and N = 16
result in an error below 0.5%.



Smart Mater. Struct. 28 (2019) 115030

A S T Boots et af

5 -10*
mmm Operational range
—=— Maximum strength
2 —=— Minimum strength
= —s=— Constant mass
A
g 1
I
2
0+ [ ]
_1 \ | | | | |
0 1.2
1 —
0.8 |
_|O 0.6 |-
iH
0.4}
0.2 |-
0 \ | | | | |
0 0.2 0.4 0.6 0.8 1 1.2

h [mm]

Figure 17. The pressure difference the ferrofluid seal can withstand
calculated using the presented model (top figure) ket bearing (bottom
figure). Decreasing the fly height increases the maximum and
minimum strength of the ferrofluid seal, but decreases the air mass
inside the pocket. The black markers correspond to measurements 2
and 3 from figure 16.

Next, the results of the measurements described in
section 2.3.2 are given in figure 16. In this figure, the load
capacity of the ferrofluid pocket bearing is shown versus the
fly height for both the measurements and the model. The
expected load capacity, calculated using the suggested model,
is shown with black markers, while the different measure-
ments are indicated with continuous lines.

Figure 17 shows the pressure and mass inside the pocket
of the ferrofluid bearing versus the fly height. Note that the
values correspond to the values of the model given in
figure 16. These results are used to explain and interpret the
behaviour of the bearing, namely the mass loss and opera-
tional range. In the top figure, the blue colour indicates the
maximum pressure that the ferrofluid seal can withstand at
that fly height, see also figure 3. The corresponding mass
inside the pocket at maximum pressure is given in the bottom
figure in blue. Note that the mass is normalised with respect to
the initial mass m;, figure 7. The red colour indicates the
minimum pressure that the seal can withstand, see also
figure 4. The corresponding mass inside the pocket is given in
the bottom figure in red. The black lines correspond to
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Figure 18. The load capacity (top figure) and stiffness (bottom
figure) of the bearing, in the operational range of measurement 3
(figure 16), are compared to the model.

measurements 2 and 3 of figure 16. The operational range of
the ferrofluid pocket bearing is coloured green.

In the top figure of figure 18, the part of measurement 3
(figure 16) that is located in the operational range of the
bearing according to figure 17, is presented. The bottom
figure of figure 18 shows both the stiffness of the bearing
derived from the load capacity measurements, as well as the
stiffness derived from the load capacity predicted by the
model.

Lastly, the sensitivity of the load capacity and operational
range with respect to the saturation magnetisation of the
ferrofluid (figure 19), the applied volume of ferrofluid
(figure 20) and the tilt (figure 21) are given. The load capacity
of the bearing significantly increased when the saturation
magnetisation increased. The operational range did not
change significantly when the saturation magnetisation was
increased from 20to 40kAm '. Figure 20 shows that
increasing the amount of ferrofluid increases both the load
capacity and operational range. In contrast, figure 21 shows
that tilt decreases both.

Figures 22 and 23 present the torque and the tilt stiffness
with respect to the tilt angle for both the maximally and
minimally pressurised pockets. Both figures globally show
the same behaviour. When the tilt angle is positive, the torque
and tilt stiffness are positive for all the different fly heights.
The torque and tilt stiffness increase when the fly height is
decreased or when the tilt angle is increased. When the pocket
of the bearing was minimally pressurised, the magnitude of
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Figure 19. The modelled sensitivity of the load capacity (top figure)
and the operational range (bottom figure), with respect to the
saturation magnetisation. The other parameters correspond to the
measurements, V= 0.38 ml and o = 0°. The air mass inside the
pocket is normalised with respect to the initial mass of

M, =40kAm .

both the torque and tilt stiffness are lower when compared to
the maximally pressurised pocket.

4. Discussion

4.1. Model! validation: load capacity and operational range

All three measurements given in figure 16 show a zig—zag
pattern, indicating that the mass of air inside the pocket
changes. Either mass is gained or mass is lost. When the
bearing is compressed, the pressure inside the pocket
increases and the load capacity increases. When the pressure
increases such that the strength of the ferrofluid seal is
exceeded, mass escapes out of the pocket, as described in
section 2.1.4. During decompression, the pressure inside the
pocket decreases. When the ferrofluid seal cannot withstand
the pressure difference any more, mass is gained. Thus, the
strength of the ferrofluid seal defines the maximum and
minimum load capacity of the bearing, which increase when
the fly height is decreased. Overall, both the load capacity and
stiffness of the ferrofluid pocket bearing seem to be accurately
described by the suggested model, figures 16 and 18.
Measurements 2 and 3 showed that the behaviour of the
bearing during decompression differs from the behaviour

10

— Vg = 0.2ml
— Vi = 0.3ml

Vﬁ = 0.4ml

| |
0 0.5 1

h [mm]

Figure 20. The modelled sensitivity of the load capacity (top figure)
and the operational range (bottom figure), with respect to the applied
volume of ferrofluid. The other parameters correspond to the
measurements, namely M; = 0.32kA m™"' and a = 0°. The air mass
inside the pocket is normalised with respect to the initial mass of
V= 0.4 ml

found during the initial compression. This phenomenon can
be explained by the fact that mass is lost during the initial
compression, which changes the system and therefore its
characteristics. The zig—zag pattern is not present in the
measurements during decompression of the bearing, indicat-
ing constant mass. After the minimum strength of the seal
gets exceeded, or minimum load capacity, mass is gained and
the system changes again. The behaviour of the bearing is
repeatable and predictable in the operational range.

The operational range of measurement 3 is well described
by the model. In contrast, measurement 2 shows that
decompression of the bearing, after almost maximum com-
pression, is less accurately described by the model. Inaccu-
racy of the model at these low fly heights could possibly be
explained by the neglected surface effects, like capillary
effects and surface tension. Also, the FEM model neglects
magnetisation of the ferrofluid in the calculations. Moreover,
the FEM model is sensitive to sharp edges in the geometry
and the relative mesh size at those edges, particularly at low
fly heights. The measurement itself can also be errored at low
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Figure 21. The modelled sensitivity of the load capacity (top figure)
and the operational range (bottom figure), with respect to the tilting
of the bearing. The other parameters correspond to the measure-
ments, namely Vi = 0.38 ml and M, = 0.32kA m~'. The air mass
inside the pocket is normalised with respect to the initial mass

of a = 0.0°.

fly heights due to for example a damaged magnet. Dents in
the magnet result in magnetic field concentrations near the
magnet. This effect becomes less pronounced further away
from the magnet.

The stiffness of the test set-up is approximately 10 times
the stiffness of the bearing. A force of 40 N, which is the
approximately the load capacity of the bearing at a fly height
of 0.1 mm, results in a displacement error of maximally
20 pm. Other uncertainties in the model are the saturation
magnetisation of the steel base plate and the temperature of
the environment. The temperature was not measured during
the experiments, but is assumed to be approximately 293 K.
The FEM model is able to calculate both static and dynamics
problems. However, it is important to note that the model is
limited to dynamic problems with relative low accelerations
such that the problem can be approximated as quasi-static.
This is because the FEM finds the positions of the interfaces
between ferrofluid and air by solving for static equilibrium. In
contrast, the FEM description makes it possible to include
other forces, like capillary forces and surface tension, and to
include magnetisation of the ferrofluid.
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Figure 22. The tilt stiffness (bottom figure) of a maximally
pressurised ferrofluid pocket bearing is a result of the torque around
the y-axis (top figure), equation (15).

Figure 17 will be used to illustrate and explain the beha-
viour of figure 16 and to determine the operational range of the
bearing. The operational range is indicated in green and is
determined by the minimum and maximum pressure difference
that the ferrofluid seal can withstand. When the fly height is
decreased, the ferrofluid is pushed radially outwards causing AH
to increase subsequently increasing the strength of the seal.
Moreover, the magnetic field is stronger near the magnet thus
compression of the bearing will also result in an increased AH.
The combination of these two effects explains the increase in
strength of the ferrofluid seal given in the top figure of figure 17.

The operational range of the bearing can easily be
determined from figure 17, by looking at different constant
mass lines or horizontal lines in the bottom figure. The
intersection between a constant mass line and the green area
indicates the operational range for that specific mass. Two
examples are given with two sets of black markers. If the fly
height is decreased beyond the operational range, mass is lost
according to the set of blue markers. Afterwards, the new
constant mass line can be used to determine the new opera-
tional range of the bearing. If the fly height is increased
beyond the operational range, mass is gained according to the
set of red markers. Thus, the operational range and behaviour
of the bearing is determined by the initial compression, during
which mass is squeezed out of the pocket. Note that ferrofluid
bearings can easily be reset by separating the bearing and the
plate.
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Minimum pocket pressure

15 -
h = 0.4mm
—— h =0.5mm
E 10 |- —— h = 0.6mm
2,
£
=Y
= 5f
O | | | | | | |
0 0.2 0.4 0.6 0.8 1 1.2 1.4
al[’]
0.5
. 04
2
2_8
<&
0.3
0.2 | | | | | | |
0 0.2 0.4 0.6 0.8 1 1.2 1.4
al’]

Figure 23. The tilt stiffness (bottom figure) of a minimally
pressurised ferrofluid pocket bearing is a result of the torque around
the y-axis (top figure), equation (15).

It can be concluded that the model properly describes the
behaviour of the bearing, except at very low fly heights. It
might be interesting for further research to model and measure
the behaviour of multiple seals and pockets, or to use an
incompressible fluid instead of air inside the pocket. In both
cases, it might be convenient to measure the actual pressure
inside the pocket instead of only measuring the force and
displacement.

4.2. Sensitivity analysis

Only the three variables that are assumed to be the most
erroneous during the actual measurements are discussed in the
sensitivity analysis. Other variables, for example surface
effects, are neglected in the sensitivity analysis, since they are
either neglected or included in the derivation of the model on
which the rest of the analysis is based on. The presented
values in figures 19-21 are a bit exaggerated for errors that
might occur in practice. However, this way the effect of the
different errors becomes clearly visible. It is important to note
that the effects the variables have on the load capacity and
operational range of the bearing are evaluated individually.
Combined effects are beyond the scope of this research,
however they should be modelled and kept in mind when
designing ferrofluid bearings for high precision systems.
Both tilt and the applied volume of ferrofluid have a
significant influence on both the load capacity and the
operational range. In contrast to increasing the tilt angle,
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increasing the amount of ferrofluid increases the operational
range and load capacity. Addition of more ferrofluid increases
the height of the ferrofluid ring, thus results in earlier contact
and establishment of both the seal and air pocket. However,
the effect of adding more ferrofluid decreases at low fly
heights. When the bearing is almost entirely compressed, the
outer interface H, is nearing zero, so addition of more fer-
rofluid does not increase AH significantly any more. In
contrast, both saturation magnetisation and tilt change the
behaviour of the bearing at every fly height. The load capacity
of the bearing significantly increases when the saturation
magnetisation increases. This increase is linear according to
equations (1) and (9). It is also worth noticing that the
operational range of the bearing is limited by tilting of the
plate. Higher tilt angles result in earlier contact of the plate
with the bearing surface, thus limiting the operational range.
Moreover, tilt decreases the height at which the enclosed air
pocket is established, resulting in a decreased load capacity
and operational range. Accordingly, some general design
guidelines for ferrofluid bearings can be formulated. (1) Tilt
of either the plate or the bearing should be minimised, since
tilt decreases the load capacity and the operational range. (2)
Increasing the volume of ferrofluid increases the load capacity
and operational range. Ferrofluid should therefore be added to
the system, until the point of diminishing returns.

The small difference between the measured and the
predicted load capacity can possibly be explained by the
errors discussed here. Since only three possible errors are
discussed, no conclusions can be drawn regarding which set
of errors was present in the measurements. However, slight
overestimation of the amount of ferrofluid is likely, since a
ferrofluid trail is left behind on the head of the testing
machine after the initial compression.

Figures 22 and 23 show that the tilt stiffness of the bearing is
positive for positive tilt angles, for both maximum and minimum
pressure inside the pocket. Since the system is symmetric, the tilt
stiffness is also positive for negative tilt angles. Therefore, due to
the positive tilt stiffness, it can be concluded that the ferrofluid
bearing is self-aligning regardless of the pressure inside the
pocket. However, in order to be certain that the described
behaviour of the ferrofluid bearing is indeed correct, it is
recommended that for future work the load capacity and torque
of the bearing are actually measured for different tilt angles.

5. Conclusion

This article provides a simple and efficient way to obtain the
operational range of a ferrofluid pocket bearing from only the
mass versus fly height diagram. The operational range is only
dependent on the magnetic field produced by the magnet and
the amount of ferrofluid present in the system.

The experimentally validated model accurately describes
the load characteristic of a ferrofluid pocket bearing. The
model includes the air mass inside the pocket, since both the
load capacity and stiffness of the bearing change when the
mass changes. Overcompression of the bearing results in
mass loss and overdecompression in mass gain. The bearing
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shows repeatable and predictable behaviour when the mass
inside the pocket does not change. In practice, this is the
operational range of the bearing.

The operational range of the bearing is sensitive to errors
such as tilt or uncertainty in the applied volume of ferrofluid.
The sensitivity analysis shows that tilt decreases both the load
capacity and operational range of the bearing. Independent of
the pressure inside the pocket, both the torque acting on the
plate above the bearing and the resulting tilt stiffness are
always positive when tilted. It can be concluded that ferro-
fluid pocket bearings are always self-aligning. The tilt stiff-
ness increases when the fly height decreases or when the tilt
angle increases. Increasing the amount of ferrofluid increases
the operational range of the bearing significantly while the
load capacity is only increased for higher fly heights.
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ABSTRACT

The objective of this research is to demonstrate the capability of a long stroke linear ferrofluid (FF)
stage. This stage can be a passive alternative to existing linear aerostatic stages and can be used in low
loaded CNC devices, pick and place machines, microscopy or scanner applications. To compete with
aerostatic stages the bearing must be repeatable and achieve sufficient stiffness for the application.
The effects of FF trail formation were countered with the use of a FF reservoir located on the mover.
To increase stiffness a specially designed magnet configuration is used. A stage was built with outer
dimensions of 180x600x80 mm (WxLxH), a mover of 1.8 kg without actuator and payload having 430
mm stroke. The load capacity of the stage was measured to be 120 N, with a stiffness of 0.4 N/um.
The maximum height delta after a stroke with 1 kg payload and a mover velocity of 0.25 m/s was
measured to be less than +3 um, with 1.75 kg payload and a velocity of 0.5 m/s the height delta was
within +7 um. Using a rheometer, it was shown that the effects of evaporation in FF can be reversed
by adding carrier fluid, within certain limits of mass loss. The damping is shown to be a function of
payload and velocity and was measured to be between 2 and 4 N-s/m for velocities between 0.2 and
0.5 m/s. In comparison to a linear acrostatic stage it can be concluded that while the linear FF stage
is outperformed in stiffness and out-of-plane repeatability, the FF stage doesn’t require a continuous
supply of air and has lower fabrication tolerances due to the higher fly height. Thus, the linear FF
stage is a cost-effective alternative to a linear aerostatic stage when the stiffness and straightness are

of less importance.

1. Introduction

The aerostatic bearing can’t be overlooked in current pre-
cision positioning systems. The relatively simple concept
of floating on top of a cushion of air has obtained a major
market share in the past decades [18]. The use of pressur-
ized air however also has its downside, as the bearing seizes
when the air pressure is stopped, the manufacturing toler-
ances are very tight, the system is difficult to implement in
vacuum environments and the low damping gives problems
in controlling the movement [38]. In the search for alterna-
tives we find that conventional bearings such as ball or jour-
nal bearings suffer from stick-slip, magnetic bearing suffer
from complexity and flexures suffer from energy storage and
a limited range of motion. A bearing type free from all of
these issues is the ferrofluid (FF) bearing.

The ferrofluid bearing consists out of a ferrofluid in be-
tween bearing surfaces in a magnetic field. FF is a stable col-
loidal suspension of magnetic particles (~10 nm) in a carrier
fluid [28]. The bearing itself relies on pressure build-up in
the fluid as it is attracted by a magnetic field. This pressure
build-up is caused by the displacement of the fluid from a po-
sition with a high magnetic field to a position with a lower
magnetic field. This generates a normal force onto the bear-
ing surface. Alternatively, the FF can be used to seal a pres-
surized pocket of air which provides the normal force. The
first concept is known as the FF pressure bearing [33], the
second is known as the FF pocket bearing [34]. The working
principle of these bearings is illustrated in figure 1.

2] stefanvandent@gmail.com (S.W.M. van den Toorn)
ORCID(S):

<+
Fly height

-
I

Figure 1: Working principle pressure bearing (up) and pocket
bearing (down).

The relation between the ferrofluid bearing and other bear-
ing solutions can be seen in table 1. The table shows that the
aerostatic bearing outperforms the ferrofluid bearing in load
capacity and stiffness. However, the ferrofluid bearing can
fill a niche that has been left open by the other bearing types
i.e. low-cost passive applications requiring a smooth motion
without demand for high stiffness. These applications can
range from low loaded CNC devices such as 3D printers or
laser cutters to optical devices such as microscopy or scan-
ners. An entirely different field of application would be the

Stefan W.M. van den Toorn: Preprint submitted to Elsevier
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Table 1

Ferrofluid bearings in comparison to other bearing solutions for precision positioning [43, 29, 32, 3, 5]. The ferrofluid bearing is
taken as benchmark, a better performance in precision positioning applications is denoted with +.

| Ferrofluid Active magnetic Hydrostatic Aerostatic Roller bearing
Load 0 + + + 0 +
Stiffness 0 + + + + + + +
Static friction 0 0 0 0 --
Dynamic friction 0 -- 0 -- -
Surface finish requirement 0 + + - -- --
Complexity 0 -- - -
Advantage No stick slip UH vacuum compatible Large loads Contactless Standardized
Disadvantage Low stiffness  Inherently unstable Lubrication oil ~ Supply Pressure  Stick-slip

use in zero gravity environments, as the fluid is contained in
the magnetic field.

The FF bearing has some other advantages. The mag-
netic field necessary for a Lorentz actuator is already avail-
able. The system has a relatively low required tolerances in
relation to similar high precision bearings due to the rela-
tively large (~0.5 mm) distance between bearing surfaces.
The FF itself acts as a lubricant. The large surface area in
contact with the fluid allows for heat transfer between the
bearing surfaces. The broad choice in carrier fluid makes it
possible to tune the bearing for different environments, for
example a fluid with a low vapour pressure for use in a vac-
uum, or a fluid with a low viscosity for fast motion. The
amount of physical damping makes controlling the system
easier. It decreases the sensitivity to high frequency dis-
turbances, thus reducing the need for complicated filtering
[35, 10, 36, 13] or external damping [37, 41].

In the last decade FF bearings were implemented into
various planar positioning systems [7, 6, 23, 1, 24, 42] and
into linear stages
[44, 9, 2], the behaviour in load capacity and damping were
studied [27, 31, 26, 45, 4, 16, 17], and finally basic design
rules for FF bearings were formulated by Lampaert [15].
Still all existing demonstrators suffer from a low repeatabil-
ity in the constrained directions and a limited range of mo-
tion. These issues are the result of the loss of air from the
pocket bearings and loss of FF due to trail formation.

In this study a passive long stroke linear stage based on
ferrofluids is proposed. The challenges in the long stroke
bearing primarily are achieving a sufficient stiffness, repeata-
bility and stroke length. Problems and implementations of
the solutions are discussed, designed and build in a demon-
strator stage for the purpose of verification. The specifica-
tions for this demonstrator stage are based on those of a com-
mercially available aerostatic linear stage.

2. Stage design

The proposed demonstrator is based on an existing linear
bearing stage from Physical Instrumente, the A-110. This air
bearing stage is marketed as a high performance affordable
nanopositioning stage. The aim of the demonstrator stage is

made to be interchangeable with this aerostatic stage, thus
conforming to the same or better specifications. These spec-
ifications can be seen in table 2.

2.1. Challenges

In the design of the stage some specific challenges were
considered. The most pressing matters were air loss, trail
formation and evaporation. Air loss is distinctive for FF
pocket bearings, where the fly height is permanently reduced
once the bearing is loaded beyond the load capacity of the
ferrofluid seal. The fly height is defined as the distance be-
tween bearing surfaces and can be seen in figure 1. Trail
formation is the occurrence where fluid is left behind as the
bearing is translated. Evaporation changes the composition
of the ferrofluid suspension and alters the fluid properties
such as viscosity and saturation magnetization. If left unad-
dressed, each problem can severely compromise the perfor-
mance and repeatability of the stage. Solutions for each of
these problems have been implemented in this bearing stage.

The problem of air loss is distinctive to FF pocket bear-
ings only, the FF pressure bearing does not suffer from this
problem. In terms of load capacity and stiffness, the pocket
bearing outperforms the pressure bearing. As the repeatabil-
ity of the bearing is considered more desirable than load ca-
pacity or stiffness the pressure bearing is the preferred bear-
ing type for this application.

The trail formation problem is solved by the creation of
a reservoir on the mover itself. By assuming a Couette flow
between the bearings and base the total amount of fluid loss
is estimated at 20 ml. As the amount of fluid required is low,
this reservoir can be incorporated into the pressure bearings
themselves. The ferrofluid can move freely between the indi-
vidual pressure bearings. This ensure a repeatable behaviour
and redistributes the collected trail.

A ferrofluid with a low viscosity is used to decrease trail
formation and to limit damping. As this fluid has a higher
vapor pressure than is desired the evaporation problem needs
to be addressed. In order to do this, the effect of resupplying
the evaporated carrier fluid is researched.

The design of the stage is a double u shape as shown in
figure 2. The preload increases stiffness and the symmetric
design reduces tilt under movement. The in-plane length of

Stefan W.M. van den Toorn: Preprint submitted to Elsevier
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Table 2

Specifications of A-110.300 linear air bearing stage [30]
Model A-110.300

Travel 300 mm

Maximum payload 10 kg normal

Flatness < +2pm

Moving mass 2.6 kg

Maximum velocity 1m/s

Outer dimensions
Mover dimensions

160 x 575x 60 mm (W x L x H)
160 x 200 x 60 mm (W x L x H)

Figure 2: Schematic bearing design with areas reserved for
bearing in red.

Location fluid edge

vk .
T_I i

Figure 3: Bearing pad cross-section showing the layout. The
in-plane length of the bearing pad is 100mm.

the mover is 100 mm, to save weight and to reduce damping.
The areas marked in red are reserved for 6 bearing pads, two
of 50x100x4 mm (W x L x H) for the bottom bearings and
four 40x100x4 mm (W x L x H) for the side and top bear-
ings. For this research the kerosene based EFH3 fluid from
Ferrotec is chosen. This FF has a relative high saturation
magnetization of 66 mT and a viscosity of 12 mPa-s [11].

Internal height base

2.2. Bearing pad

Each bearing pad consists out of 50x2x2 mm magnets
from HKCM [14]. These magnets are arranged in an ‘up-
down’ magnetization configuration with the long side in the
movement direction as can be seen in figure 3. The bottom
bearing pads are arranged in a 2x25 grid (x*y), the top and
side bearing pads are slightly smaller and are arranged in a
2x20 grid (x*y). The use of many small magnets results in a
concentrated magnetic field close to the magnets with a large
gradient in the direction of the fly height. This results in a
high load capacity and stiffness for a ferrofluid pressure bear-
ing. Instead of an up-down magnetization configuration, the
magnets can also be magnetized facing each other, all in the
same way or by means of a Halbach array. Alternatively,
also iron can be used in between the magnets to shape the
magnetic field. It was found that from these possible config-
urations the up-down configuration with an iron bottom plate
is the most cost-effective way to achieve a high stiffness and
load capacity while also having little moving mass [40]. A
second benefit of this arrangement is the low stray field, as
the individual magnets cancel each other at larger distances.
Magnets with a smaller cross-section can increase stiffness
of the bearing, but the brittleness and increased number of
magnets would make assembly complex. Ferritic stainless
steel is used instead of iron due to rust. Although 0.5 mm
thickness of the bottom plate would already have yielded the
same performance, for assembly purposes a relative thick
bottom plate of 2 mm is used. As the pressure bearings are
located close together, the magnetic field intensity is rela-
tively high at the adjoining corners of the bearing pad as can
be seen in figure 2. The ferrofluid that accumulates there
has a negligible effect on the load capacity of the stage, this
is used as a reservoir of ferrofluid to counter the effects of
trail formation. As this reservoir bridges the different bear-
ing pads it also can transport fluid between the bearing pads,
ensuring a repeatable performance.

2.3. Modelling stage load capacity and stiffness

Using a mathematical model of the magnetic field in COM-

SOL [8] and Matlab [39], the load capacity and stiffness of
the bearing pads were determined. The geometry of the pad
was built in Matlab using the COMSOL Livelink interface,
the magnetic field was then calculated in COMSOL and af-
terwards post-processed in Matlab. In the model several as-
sumptions are made for the remanent flux density of the mag-
nets (1.17 T), saturation magnetization of the ferrofluid (66
mT) and the location of the fluid edge (Smm). The definition
of the fluid edge location is shown in figure 3. The FF itself
is modelled as air, having a relative permeability of 1. For
the ferritic stainless steel, a relative permeability of 4000 is
used with a saturation magnetization of 1.4 T.

The chosen bearing stage design gains added stiffness
through a preload. This preload can be varied by varying
the difference in height of the mover and the internal height
of the base as can be seen in figure 2. The design of the
demonstrator is made such that this height difference can be
varied easily. Decreasing the height difference decreases the
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fly height of the top and bottom bearing pads and thus in-
creases the applied preload. As the ferrofluid bearing can
be seen as a spring this increases the stiffness of the bear-
ing. The increased stiffness however comes at the cost of
less load capacity and more viscous damping. Decreasing
the fly height also reduced the amount of fluid necessary as
the physical volume between the bearing surfaces decreases.
An additional effect of the preload is a more stable fly height
as the trail formation will also occur on the top side and thus,
the fluid loss is symmetrical. As the bearing pads on top and
bottom differ in size and gravity acts on the mover, the equi-
librium position of the top and bottom pad will not be exactly
the same.

Table 3 shows the bearing characteristics as function of
the fly height according to the model. In order to achieve
the same specifications as the A-110 aerostatic stage the fly
height in vertical direction will need to be somewhere be-
tween 0.5 mm and 0.25 mm. As no horizontal payload is
known for this stage a fly height of 1 mm in the horizontal
pads is assumed to be sufficient.

Table 3

Bearing characteristics in horizontal and vertical plane for differ-
ent fly heights. Stiffness is evaluated around equilibrium position.
Load capacity is evaluated at the minimum fly height of 0.1 mm.

Table 4

Simulation of eddy current damping in full size pressure bear-
ing pad. Magnet dimensions 50x2x2 mm, arranged in a 2*¥25
(x*y) grid with long edge in x-direction, magnetized alternat-
ing between positive and negative z-direction.

Fly height [mm] Eddy current damping coefficient

Horizontal
Fly height left  Fly height right Stiffness
pad [mm] pad [mm] Load [N] [N/pm]
0.1 1.9 120 0.23
0.1 0.9 92 0.27
0.1 0.4 49 0.34
0.1 0.15 11 0.43
Vertical
Fly height bot-  Fly height top Stiffness
tom pad [mm]  pad [mm] Load [N] [N/pm]
0.1 0.9 231 0.68
0.1 0.4 146 0.81
0.1 0.15 69 0.97

2.4. Eddy current damping in stage

Aluminium is the preferred material for the demonstra-
tor stage due to its availability and machinability. The rel-
ative velocity between the good conducting aluminium and
the magnetic fields induced by the bearing pads can create
eddy currents. The damping induced by these eddy currents
is investigated using a COMSOL model. Figure 4 illustrates
this model and the direction of the relative velocity between
the bearing pad and conductor. In the model the used bearing
pad is translated past a long aluminium block. The bearing
pad consists out of 2x25 magnets (x*y) of 50x2x2 mm with a
remanent flux density of 1.17 T. The results of the modelling
can be seen in table 4.

In table 4 can be seen that the simulated eddy current
damping is low. The low damping is caused by two factors.
Firstly, as the eddy currents are induced by a change in mag-

[N-s/m]
0.10 0.22
0.25 0.13
0.50 0.07
1.00 0.03

S
boc}o 'b‘b
% &
A 52 A

TR

Figure 4: lllustration of the location and magnitude of the
eddy currents (1) on the surface of the conductor. With the
direction of the relative velocity between conductor and bearing
pad (V) in green and damping force (F) direction in red.

netic field the current loops can only occur at the start and
end of the bearing pad. Secondly, as the magnetization di-
rection of the magnets alternate the direction of the current
alternates as well. This prevents large current loops from
forming. Both factors can be seen in figure 4.
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3. Methods for design validation

To verify that the functioning of the stage is as intended,
first the load capacity and stiffness model of an individual
pressure bearing pad are validated. This same model then is
used in the verification of the load and stiffness of the full
stage. To gain insight in the performance of the stage when
in use, the effects of trail formation and evaporation will be
measured. Finally, the damping and flow profile between
bearing surfaces will be experimentally determined. This
can benefit the future actuation of the stage.

3.1. Single pressure bearing pad

The individual tested pressure bearing pad is assembled
of 23 50x2x2 magnets [14] with a remanent flux density
of 1.17 T structured as seen in figure 3. The pad is tested
with 5 ml of EFH3 fluid and with the same amount of APG
513A ferrofluid. The load-fly height curve of the bearing is
measured using a materials test frame and compared to the
model.

For the modelling of the pressure bearing path the lo-
cation of the outer fluid edge is needed. This variable is
defined in figure 3, and represents the starting point of the
pressure build-up in the fluid. The location is primarily dic-
tated by the equilibrium between the gravitational pull and
the magnetic body force on the fluid. The effect of surface
tension and surface roughness on this location is negated.
Using COMSOL the magnetic field surrounding the bearing
pad is simulated, resulting in a location of the outer fluid
edge of 0.9 mm outside the magnet. The magnetization sat-
uration of the ferrofluid is modelled as 32 kA/m [25] for the
APG 513A and 52.5 kA/m for the EFH3 [12].

3.2. Demonstrator stage

The demonstrator as seen in figure 5 was constructed
from aluminium with ferritic stainless-steel bottom plates for
mounting the magnets. The top plate could be raised using
shims to increase the fly height of the top and bottom bearing
pads. The total material cost for the ferrofluid demonstrator
stage are slightly over €1000, the magnets attribute €150.

Table 5
Physical properties of realized demonstrator stage

Travel 460 mm
Moving mass 1.84 kg
Outer dimensions 180 x 640 x 80 mm (W x L x H)
Mover dimensions 139 x 124 x 60 mm (W x L x H)

In table 5 the physical properties of the realized stage can
be seen. The base and mover have both been overdesigned.
Thicker metal is used in in order to increase production ef-
ficiency and to allow for more freedom in the fine-tuning of
the height difference between mover and base. Because of
this, the width and height of the outer dimensions could both
be reduced with 20 mm without any performance loss.

Figure 5 shows the demonstrator and the three Micro-
Epsilon optoNCDT 1420 laser distance sensors [21] used.

Figure 5: Measurement setup of demonstrator with 3 laser
distance sensors for position and roll of the mover.

2 sensors with a range of 10mm were fitted above the table
on either side. These sensors measure the position of the ta-
ble relative to a fixed frame. From this the fly height and
roll of the stage could be found. One sensor with a range of
200 mm was mounted in front of the mover and was used to
measure displacement and velocity of mover. The demon-
strator stage was connected to an actuator using a thin wire.
By setting the demonstrator at a slight incline, it could thus
be actuated in both directions with negligible disturbance to
the measurements.

Unless mentioned otherwise, all experiments are con-
ducted using the EFH3 ferrofluid from Ferrotec.

3.2.1. Load and stiffness

The load and stiffness of the stage is determined using
three different methods. The first method is by using a ma-
terials test frame. In the second method weight is added to
the table manually while measuring the height using the later
distance sensors. The third method is to set the stage at very
small inclination and to add weight until the mover stops
moving freely.

3.2.2. Trail formation

Figure 6 shows the trail formation in the bearing. The
trail thickness can be deduced from the colour of the trail.
The light brown on the right and almost black on the left in-
dicate a strong correlation between the amount of fluid loss
and the movement velocity. The influence of this trail forma-
tion is experimentally determined by measuring the height
of the stage at the end of a stroke. This is done for different
amounts of fluid in the system and for different translation
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Figure 6: Trail formation in stage. The mover has been dis-
placed in steps increasing in velocity from right to left. The
table and top plate were removed before the displacement.

speeds.

3.2.3. Evaporation

The evaporation rate of the ferrofluid was determined by
placing five grams of fluid was in a Petri dish. The fluid-
air interface was 58 cm?2 and the temperature was kept be-
tween 18 and 22 degrees Celsius. The Petri dish with fluid
is weighed at several moments in time. The effects of evap-
oration on the fluid viscosity and magnetic properties are in-
vestigated using a rheometer. This rheometer is capable of
generating a magnetic field comparable to the field at the
surface of the pressure bearing pads. The evaporation rate
is established by the mass loss in a controlled volume over
time. Fluid with different percentage of mass loss is then
evaluated in the rheometer. This same experiment is redone
for fluid with the same percentage of mass loss, this time
resupplied to original mass by addition of paraffin oil.

3.2.4. Damping

The damping of the stage is evaluated by setting the stage
under a defined incline. The external stage is used to pull the
mover onto the slope and to release it at the highest point.
Gravity will accelerate the stage until it reaches terminal ve-
locity, which is measured using the 200 mm laser distance
sensor. This is done for several times for a combination of
three different inclinations and three different amounts of
payload. As the weight of the stage is known, the driving
force can be calculated. The damping coefficient then fol-
lows from the terminal velocity and the driving force.

The flow profile in between the bearing plates is derived
by combining the data from the damping in the stage with the
damping model from Lampaert [16]. The damping model
used assumes a Couette flow with negative pressure gradi-
ent and derives the pressure gradient by assuming zero trail
formation. As can be seen in figure 6, this assumption is in-
valid for this bearing. Thus, data from the damping in the
stage is used to derive the pressure gradient.

In equation 1 shows the velocity profile of the fluid, u,
according to the damping model from Lampaert. With 7 the
shear rate dependent viscosity of the ferrofluid, % the height

Load - Fly height curve 46x50mm pressurebearing patch
100 1

——EFH3
g0 —— APG 513A

— — ~Model APG 513A

— — ~Model EFH3

ol -~ Model EFH3 with 1 =4

BOT

B0

Load [N]
2

) L L L L =
0.2 0 0.2 0.4 0.6 0.8 1 12 1.4

Fly height [mm]

Figure 7: Load-fly height curve of 23x1 pressure bearing pad
with EFH3 and APG 513A ferrofluid.

of the FF film and U the velocity of the mover.

U 2n dx(z hz) hz M

0
The 22 describes the pressure drop in the flow direc-

tion. Thisxterm can be determined based on data from the
experiment. Based on initial testing and observations in the
trail formation it is assumed that the relation between the
damping coefficient and velocity is linear. This results in
a quadratic relation between the velocity and the damping
force. The damping force can be derived using formula 2
and taking z=h, giving following formula 3.

ou,,
Tox = N5— 2)
_10p U
T oM )

The friction force on the mover will be measured by mea-
surement of the terminal velocity. The contribution of a sin-
gle bearing pads to the friction force can be determined by
assuming it is proportional to the contribution when assum-
ing a Couette flow over the bearing pads. The pressure drop
term can then be determined using equation 3 and the fric-
tion force on a single bearing pad.

4. Bearing design validation

4.1. Single pressure bearing pad

Figure 7 shows the results of the testing of the individual
pressure bearing pad. Zero displacement was taken to be the
point at which the pressure plate touches the magnets in the
measurement.

Stefan W.M. van den Toorn: Preprint submitted to Elsevier

Page 6 of 12



Design of a passive alternative for long stroke linear aerostatic stages

Force-displacement curve long stroke ferrofluid stage

Measurement
Model

250
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Figure 8: Load-fly height curve of stage. The crosshead ve-
locity of the materials test frame was set to 0.5 mm/min. The
initial fly height without payload is 0.39 mm for the bottom
bearing pad and 0.36 mm for the top bearing pad. The bear-
ing pads are modelled with a relative permeability of 4 for the
ferrofluid.

4.2. Demonstrator stage
4.2.1. Load capacity and stiffness

The experiment from section 4.1 was repeated for the full
stage. The results of this is shown in figure 8. The individual
fly heights of the top and bottom pad are taken to be such that
the modelled load generated by the bottom pad is equal to
the modelled load of the top pad combined with the gravity
forces. This result in 0.39 mm for the bottom pad and 0.36
mm for the top pad. The fly height of the bottom pad is larger
than the top pad as the size of these bearing pads differ.

The maximum sustained load capacity was determined
by adding mass to the stage whilst being under a small in-
cline and was found to be 140 N for a stroke of under 100
mm and 120 N for the full stroke.

The stiffness was also determined at different initial fly
heights by using the laser displacement sensors and a weight
of 3 kg. The model parameters were chosen to be the same
as in figure 8. Table 6 shows the results of these measure-
ments. It can be seen that the model corresponds well with
the measurements at larger fly heights. When the fly height
decreases, the model and measurement diverge.

Table 6
Measured and modelled stiffness of stage for different fly
heights for the bottom and top bearing pad.

Fly height [mm]  0.3/0.25 0.4/0.35 0.55/0.50

Measured Stiffness [N/pm] 0.73 0.44 0.31
Modelled Stiffness [N/pum] 0.57 0.42 0.36

Influence of amount of fluid and velocity on flyheight
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Figure 9: Height delta of the mover height under translation
at different speeds for different amounts of fluid. No payload
was added to mover.
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Figure 10: Height delta of the mover height under translation
at different speeds when filled with 55 grams of FF.

4.2.2. Trail formation

Figure 9 shows a significant height drop at higher transla-
tion velocities using a limited amount of FF. Figure 10 shows
the relative height of the stage for 55 grams of fluid and dif-
ferent payload amounts. It can be seen that the payload has
no noticeable influence on the repeatability of the height.
The zero in these figures is taken as the mean at 0.01 m/s.
The initial fly height was set to 0.55 mm for the bottom pad
and 0.50 mm for the top pad.

4.2.3. Evaporation

The evaporation measurement resulted in an evaporation
rate in the initial 74 hours of 9.0 - 10~ g/(cm?-h) for the
EFH3 fluid. The evaporation rate in the next 43 hours was
5.6 - 107 g/(cm?-h). Using a rheometer, the properties of
the ferrofluid were evaluated when subjected to evaporation.
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Viscu%ity of EFH3 fluid in magnetic field after mass |loss due to evaporation
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Figure 11: Viscosity of EFH3 fluid for different levels of evap-
oration and dilution.

Normal force of EFH3 fluid after mass loss due to evaporation
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Figure 12: Normal force exerted by EFH3 fluid on the rheome-
ter for different levels of evaporation and dilution.

This was done for the EFH3 fluid subjected to 7.7 % mass
evaporation and 16.9 % mass evaporation and can be seen in
figures 11 and 12.Figure 11 shows the viscosity in the fer-
rofluid as a function of the shear rate. Figure 12 shows the
normal force exerted on the rheometer by the ferrofluid.

4.2.4. Damping

The results of the damping experiment can be seen in
figure 13, the stage was filled with 45 grams of FF and has an
unloaded fly height of 0.55 mm for the bottom pad and 0.50
mm for the top pad. There is a strong correlation between the
damping coefficient and the load and velocity of the stage.

The pressure drop term is fitted to the data, the found
values for the bottom bearing in the measurement without
payload are 1.9-10%, 5.2-10* and 9.4-10* Pa/m for respective
0.175, 0.31 and 0.41 m/s mover velocity.

Damping coefficient of demonstrator stage
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Figure 13: Damping coefficient of demonstrator stage for dif-
ferent loads.
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Figure 14: Flow in ferrofluid in between the bottom bearing
pad and base based on equation 1 and the data presented in
figure 13 for the damping coefficient without payload to fit the
pressure drop term.

5. Discussion

5.1. Single pressure bearing pad

The data from the pressure bearing test using the APG
513A ferrofluid results in a load capacity of 40 N, resulting
in 1.8 N/cm?. The load capacity and stiffness of the bear-
ing could have potentially been higher by opting for pocket
bearings instead of pressure bearings. Though, the values for
load and stiffness are comparable to a previous implementa-
tion of a single pocket bearing stage [24] where a load ca-
pacity of 100 N was achieved using a surface area of 84 cm?,
resulting in 1.2 N/cm?. Thus, to improve over the current
design more complex pocket bearings with multiple seals
would be required. This would result in more pockets of air
which all need to be managed to maintain repeatability.
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The load capacity using the EFH3 fluid is lower than
with the APG 513A. This is unexpected as the EFH3 has
a higher saturation magnetization. This behaviour might be
explained by the loss of colloidal stability due to the high
gradient in the magnetic field [22]. Magnetic particles will
then accumulate at the corners of the magnets. This accumu-
lation can be problematic in this specific magnet geometry
as a large build-up of particles in between the two oppositely
magnetized magnets will cause a short circuit in the mag-
netic field.

This behaviour is simulated in the model using an in-
crease of relative permeability. A relative permeability of
4 is in close agreement with the measurement of the EFH3
fluid. This can be seen in figure 7

5.2. Demonstrator stage
5.2.1. Load capacity & Stiffness

The force-fly height curve shows the behaviour of the
stage is behaves similar to the model at larger fly heights,
the model and measurement diverge when the fly height of
the stage approaches zero. This behaviour can be explained
by squeeze film damping.

It can be seen that in the sense of load capacity, an FF
stage can achieve similar load capacity to a comparable aero-
static stage. The stiffness of the aerostatic stage however is
several times higher. The high stiffness is required in the
aerostatic stage to move resonance spikes from the under-
damped eigenmodes to a frequency well above the desired
bandwidth. As the ferrofluid stage uses relatively viscous
fluid, the eigenmodes are overdamped and much less of a
problem. Thus, from a control point of view the stiffness
doesn’t necessarily need to be high. As the stiffness of the
stage is known and stable under translation, it can easily be
compensated for.

The stiffness of the stage can be increased by decreas-
ing the fly height of the top and bottom bearing pads. This
can be done by decreasing the difference in height between
mover and base. This way a stiffness of up to 0.73 N/um
can be achieved. The increase in stiffness comes at the cost
of a reduce in load capacity. The fly height can be chosen
based on the application, a larger fly height for applications
requiring higher load capacity and a smaller fly height for
applications requiring stiffness.

The load capacity in lateral direction isn’t directly mea-
sured, but can be determined by using the bearing pad model.
At a fly height of 1 mm this load capacity would be 80 N.
When taking account fluid loss in translation, the effective
lateral load capacity would be slightly lower. As the lateral
pad is smaller and the reservoir in the mover remains equal
in size, the drop in lateral load capacity is estimated to be
less than 20 N. Resulting in an estimated 60 N load capacity
in lateral direction.

5.2.2. Trail formation

Figure 9 shows that for a limited amount of FF, there is a
significant drop in the height of the mover at higher trans-
lation velocities. The higher velocity induces more shear

and as a result less fluid is present to support the load of
the stage. Using a larger volume of ferrofluid eliminates this
height drop, a height increase can even be observed in the
height for an increase in pull back velocity. This height gain
can partly be explained by the weight reduction associated
by the loss in fluid. The loss of 30 grams of fluid would give
an increase in fly height of 1 um at a stiffness of 0.3 N/um.
A further explanation would be a difference in fluid loss and
fluid supply in the top and bottom bearing pads. When the
top pad has less fluid relatively to the bottom pad, the height
of the mover will increase.

The increased stability in fly height can be explained by
the reservoirs at the corners of the bearing pads as seen in
figure 2. A larger volume of ferrofluid ensures there is an
excess amount of fluid available on the mover to replace lost
ferrofluid due to trail formation.

Figure 10 shows the relative height of the mover for 55
grams of fluid and different payload amounts. It can be seen
that the payload has limited influence on the repeatability
of the height of the mover. This figure shows the stage can
accommodate a payload of 1 kg at a maximum velocity of
0.25 m/s with an out-of-plane height stability of + 3 pm,
and + 7 um for a payload of 1.75 kg at a maximum velocity
of 0.5 m/s.

In past implementations of ferrofluid bearings into pre-
cision movement stages, the performance has been severely
limited by trail formation. Typical values are a stroke of sev-
eral centimetres and the loss of mover height is in the order
of 1 um/mm translation [24, 44]. In comparison, both the at-
tained stroke and stability of the mover height in the realized
demonstrator stage are of exceptional performance.

5.2.3. Evaporation

Figure 11 shows a severe increase in viscosity, both with
and without magnetic field under evaporation of the fluid.
When the fluid is diluted back to the original mass the vis-
cosity of the fluid also reverts back to original, but this was
observed only for the 7.7 % evaporated fluid. A very prob-
able explanation is the loss of colloidal stability of the fluid
when evaporation exceed a certain value. Individual parti-
cles then agglomerate and no longer disperse when diluted
back to original mass.

Figure 12 shows the normal force exerted on the rheome-
ter by the ferrofluid. This endorses the theorized refilling of
the carrier fluid for small levels of evaporation. Again, here
can be seen that there is less normal force for the further
evaporated fluid, which can also be caused by agglomera-
tions in the fluid.

Due to the relatively large wetted surface in the bearing,
the overall mass loss due to evaporation using the EFH3 fluid
will be in the order of a percent per day. This means that af-
ter a week the viscosity in the fluid has doubled. After a few
more days the fluid will lose colloidal stability and the in-
dividual particles will agglomerate. This process can be re-
versed by ‘lubricating’ the bearing occasionally through the
addition of carrier fluid. The properties of the fluid will then
return to their original specification. This has yet to be tested
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Table 7

Comparison of specifications of aerostatic bearing stage and ferrofluid demonstrator stage. * No actuation is added to the
demonstrator stage at this stage. ** Outer dimensions of demonstrator can be reduced without loss of performance.

Unit Pl aerostatic bearing A-110.300

Ferrofluid demonstrator stage ~ Goal achieved

Travel mm 300 460 v

Maximum payload N 100 normal 120 normal, 60 lateral v

Stiffness N/pm  30-60 (estimated) 0.4 X

Moving mass kg 2.6 1.8%* v

Outer dimensions (W x L x H) ~ mm 160 x 575 x 60 180 x 600 x 80 VKX

Mover dimensions (W x L x H)  mm 160 x 200 x 60 139 x 124 x 60 v

Straightness & Flatness pm <+1 < =+ 8 (Fluid loss only) X

Maximum velocity m/s 1 - ?

inside a working bearing system, however experiments using A A

a rheometer look very promising.

Alternatively, a different solution to the evaporation prob-
lem would have been the use of a ferrofluid with a very low
vapor pressure. Where kerosene based EFH3 ferrofluid has
a vapour pressure of 0.1 kPa [11], the vapour pressure of the
HO-LT ferrofluid from Liquid-Research has a vapour pres-
sure of ~ 11077 kPa[19]. Based on the difference in vapour
pressure the evaporation rate of the H9-LT ferrofluid will be
several orders higher than the evaporation rate of the EFH3
ferrofluid [20]. This would make a system for resupplying
unnecessary as the effects of evaporation will only be no-
ticeable after several years. Low vapour pressure ferroflu-
ids however are expensive and have a high viscosity. The
HO-LT ferrofluid has a viscosity of 300 mPa-s, which is 25
times higher than the used EFH3 ferrofluid. Primarily the
high viscosity is problematic as it will increase damping and
trail formation, thus reducing the possible stroke length and
mover velocity.

5.2.4. Damping

The damping in the system is relatively constant and pre-
dictable, a function of movement velocity and payload. This
makes open loop controlling a possibility in systems with
lower positioning requirements. For high precision require-
ments, the damping attenuates high frequency noise and makes
implementing a PID controller less difficult [35]. The strong
correlation of the damping coefficient with the velocity how-
ever is puzzling, no explanation could be found for this oc-
currence.

Figure 14 shows the flow profile in the ferrofluid as mod-
elled using a Couette flow with back pressure. Due to the
limited back pressure at a low velocity the flow profile ap-
proximates that of a Couette flow. As the velocity increases
the back pressure increases and the flow profile becomes
similar to the flow profile theorized by Lampaert [16]. These
flow profiles would indicate less fluid loss at higher veloci-
ties, which is in contrast with observations in the demonstra-
tor (figure 6) where the fluid loss was seen to increase with
velocity.

The modelled flow profile in the fluid between mover and
base suggests the presence of a recirculation of the fluid on
the sides of the bearing pad. Figure 15 shows an explanation

Section A-A
<« >

IRNBK

i

X
Y A A

Figure 15: Top and front view of a pressure bearing pad with
a reverse flow channel (blue). The arrows show the direction
of net fluid flow for a mover translation in positive x-direction.
Fluid coloured green flows in the positive x-direction, blue flows
in the opposite direction.

of this recirculation path using reverse flow channels.

The existence of a reverse flow channel on the magnet
pads would allow the fluid the circulate almost freely at low
speeds. While at higher speeds, the volume flow in the re-
verse flow channels increases and a significant back pressure
is created. This increase in pressure increases the loss of
fluid as well. The circulation of the fluid is observed when
the top of the bearing is removed. The fluid then uses the
free top surface to circulate fluid from the side and bottom
bearing pads
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5.3. Comparison with aerostatic stage

The goal of this research was to demonstrate the possi-
bility of a passive linear guide using ferrofluid pressure bear-
ings capable of competing with an existing aerostatic stage.
Table 7 shows the comparison between the realized demon-
strator model and the PI linear stage with air bearings. It
can be seen that the stage is only outperformed by the aero-
static bearing stage at 2 points, stiffness and straightness.
The maximum velocity of the stage has yet to be determined.

6. Conclusion

In comparison to previous implementations of ferrofluid
bearings, the realized stage greatly improves the stroke length
and out-of-plane stability in mover height. Though, the at-
tained stability and stiffness is less than an aerostatic bear-
ing stage can achieve. Thus, the use of this stage is not rec-
ommended in applications where this is very critical, such
as in sub-micrometre lithography stages. However, in com-
parison to aerostatic stages, the ferrofluid bearing can pro-
vide the same stick-slip-free motion without the need for a
constant supply of air and tight manufacturing tolerances.
Moreover, the ferrofluid bearing approaches the same out-
of-plane stability for a lower payload and velocity. There
can be concluded that the ferrofluid bearing is a feasible al-
ternative to aerostatic bearings, depending on the demands
of the application.

From the findings in this research the following conclu-
sions can be drawn:

e Optimized ferrofluid pressure bearings can compete
with single seal pocket bearings

e Magnets can be used in close proximity to conductors
without significant eddy current damping by choosing
the geometry and orientation of the magnets properly.

e The use of a reservoir on the mover results in a stable
fly height under translation.

e The magnetic and viscous properties of ferrofluids sub-
jected to moderate evaporation can be restored by re-
supplying with carrier fluid.

e The damping in the stage is purely viscous in nature
and primarily affected by velocity and size of payload.

e It is possible to design and manufacture a linear fer-
rofluid stage to specification.
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ABSTRACT

This research discusses different magnet configurations to improve the load and stitfness of a ferrofluid
pressure bearing. It is shown that magnets with a small cross-section magnetized alternatively up and
downwards combine a high load capacity and moderate stiffness while being low on material cost
and complexity. Magnets magnetized alternatively left-right alternated with iron give the highest
load capacity and stiffness, albeit at the cost of weight and complexity. It is shown that an increase
in the number of magnets and is beneficial for the stiffness in both magnetization configurations, as
is an increase in remanent flux density of the magnet. A metal bottom plate made of iron reduces
the necessary height of the magnet in the up-down magnetization configuration. The model was
validated using bearing pad arranged in the up-down configuration. The force-displacement curve of
this pad was measured in a load frame, using the APG 513A ferrofluid from Ferrotec. A load capacity
of 1.75 N/em? was achieved, this exceeds previous pressure bearing implementations and performs
comparable or better than implementations of single seal ferrofiuid pocket bearings. Thus, making this
the ferrofluid pressure bearing a passive alternative in motion systems where the designer otherwise

would have had to use an active bearing.

1. Introduction

Bearings regularly used in precise positioning systems
suffer from high cost, need for active components or the pres-
ence of stick-slip [1]. The stick-slip phenomenon prevents a
smooth continuous motion of the bearing, especially at low
speeds [2]. The ferrofluid bearing has none of these issues
and thus could be an interesting alternative.

The ferrofluid bearing consists out of a magnet array and
a magnetic fluid. This fluid is a colloidal suspension consist-
ing of magnetic particles in a carrier fluid [3]. In a magnetic
field these particles are drawn to the highest field intensity
and as a result produce a pressure in the fluid. A bearing
can be created by placing the fluid in a magnetic field in be-
tween two bearing surfaces [4]. As the bearing is loaded,
the surfaces move closer together and the fluid is displaced
from the equilibrium position, which in turn inducing a re-
action force. This is called the ferrofluid pressure bearing.
Alternatively, the pressure in the fluid can be used to seal a
pocket of air and a displacement of the bearing surface will
pressurize this air resulting in a normal force. This is called
the pocket bearing [5].

Figure 1 shows the working principle of the ferrofluid
pressure bearing. Using equation 1 and 2 the load and stiff-
ness of the pressure bearing can be calculated [6]. In these
formulas F; is the load capacity, u, the permeability in vac-
uum, M, the saturation magnetization of the ferrofluid and
H the magnetic field intensity. The area is defined as the
surface area of the ferrofluid on the top bearing surface. It
can be seen in figure 1 that an increase in payload causes
the bearing surfaces to move closer together, thus increasing
the area over which the integral is taken, as well as the in-
creasing the overall magnetic field intensity. In practice only
the latter will be significant as the outer fluid edge is at low
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Figure 1: Effect of increase in payload in ferrofluid pressure
bearing with magnetic field intensity at the location of the top
bearing surface. With F, < F, and h, > h,

magnetic field intensity.
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Although ferrofiuid pressure bearings can be found in
literature [4, 7, 8], the actual implementation of this bear-
ing type is very limited in load capacity and stiffness [9—
12]. When an application demands a certain load capac-
ity and stiffness the ferrofluid pocket bearing is seen as the
preferred bearing type[5], although in comparison with the
pocket bearing, the out of plane repeatability of the pressure
bearing is much higher as no air can escape. For a similar
surface area, a pressure bearing will also have more tilt stiff-
ness. While the optimal configuration of pocket bearings has
been researched by Boots [13], this has yet to be done for the
pressure bearing.
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Design considerations of FF pressure bearing pad design

Number of magnets

Location of fluid edge

A

>

Fly height .¥_ %

Width of gap

Magnetization
direction of magnets

Ratio
Metal/Magnet

Width

l

Height of magnet

Thickness of metal
bottom plate

Figure 2: Design variables (black) and model constants (blue) in a cross-section of the bearing pad. The length of the pad is

defined into the plane.

Table 1

Design variables and their respective ranges.

Variable Symbol Type Range Unit Range based on
Number of magnets Noae Discrete 1-50 - Manufacturability
Magnetization direction of magnets Mag,,, Discrete T 1T T, +— - Assumed optimum
Width of gap Wi Continuous 0-3 mm Assumed optimum
Ratio metal/magnet R ma Continuous 0-0.5 - Assumed optimum
Mag
Thickness metal bottom plate (MBP) H,,, Continuous 0-2 mm Assumed optimum
Height of magnet H,,. Continuous 0.5-4 mm Manufacturability
Remanent flux density of the magnet Mag,, Continuous 1.1-15 T Manufacturability
Table 2 Multiphysics [14]. This simulation assumes the bearing pad
Model constants. continues infinitely in and out of the plane as seen in figure
Constant Value Unit 2. Using the LiveLink interface, a COMSOL model is para-
metrically coded in Matlab [15], then run in COMSOL and

Width 50 mm again post processed in Matlab. In this model several vari-
Le“gth 100 mm ables were varied, these are listed in figure 2 and table 1. The
Fly height - ) 0.1 mm Halbach magnetization configuration was left out as it pro-
Relative permeability ferrofluid 1 - ) o o . .

. o . duces a constant field with little gradient, which would result
Saturation magnetization ferrofluid 52.5 kA/m . . . .
Relative permeability metal 4000 ) in a low stiffness bearlng [16]. The build V(?lume was taken
Saturation magnetization metal 1.4 T to be 50x100x4 mm (width x length x height), the length
Relative permeability magnets 1 ; being defined as in and out of the plane as seen in figure 2.
Location fluid edge 5 mm The used constants in modelling the pressure bearings can

The optimal pressure bearing consists of an optimal fluid
in an optimal magnetic field. Research has been done on the
magnetic fluid. Although not specifically for bearing appli-
cations, there are some fluids that are well suited. Less is
known about the optimal magnetic field. The purpose of this
paper is to give an insight in the design of the magnetic field
for application in a pressure bearing pad and to provide a
direct comparison between the pressure and pocket bearing.

2. Modelling of pressure bearing pad

be seen in table 2 and figure 2. As the minimum fly height is
dictated by manufacturing tolerances and damping, it is set
at 0.1 mm for all parameter configurations. The error in sim-
ulation caused by the finite bearing length is evaluated in a
3D model and found to be negligible. For the metal between
the magnets and for the bottom plate iron has been chosen
for its high permeability and saturation magnetization. The
gaps are modelled as air.

The width of the metal and magnets is defined using the
variables and can be found using equation 3 and 4 respec-
tively. The definition of the symbols used can be seen in
table 1.

1 —R Met
The magnetic field can be manipulated by arranging mul- Ry Mag
tiple magnets in relation to each other with the addition of Winag = (Wldth ~Weap (N'"”g h 1) ) N pag &)
metal with high permeability. In order to obtain an under-
standing of the influence of the different variables, a model
has been made. _ ’ _ Wt = 1 R e Wi 4)
The pressure bearing model is based on a 2D simula- 2 Mg
tion of a cross-section of the bearing pad using COMSOL
Stefan W.M. van den Toorn: Preprint submitted to Elsevier Page 2 of 7
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Table 3

Optimized magnet configuration for stiffness subjected to constraints: load capacity > 100N, cost < €50, weight < 150 grams.
Using the constants in table 2. Fly height for all configurations is 0.1 mm.

Variable Values Unit

Magnetization direction of magnets T 1T T, +— - Up-Down Up-Up Up-Left Left-Right
Number of magnets 5, 15, 30, 40, 50 - 50 30 30 50
Remanent flux density of the magnet 1,1.15,1.3,15 T 1.5 1.5 1.5 1.5
Height of magnet 1,2,3 mm 1 1 2 3
Ratio metal/magnet 0,02, 0.4 - 0 0.4 0.2 0.4
Thickness metal bottom plate 0,1 mm 1 1 0 0
Width of gap 0,0.1,0.2 mm 0 0 0.2 0
Material cost € 24.19 17.28 35.64 51.83
Weight g 77.5 78.2 67.0 114.6
Load capacity N 149.63 117.09 128.22 216.46
Stiffness N/pum 0.52 0.52 0.68 0.76

2.1. Initial optimization

To gain an initial understanding, a parameter sweep per-
formed using several evaluation points in the range of each
variable. From the parameter sweep could be concluded that
the magnetization direction of the magnets has a great influ-
ence on the design of the bearing pad. The results of the
parameter sweep were used in an optimization for stiffness.
Constraints were added using a penalty method. The im-
posed constraints were a minimum load of 100N, a maxi-
mum weight of 150 grams and a maximum material cost of
€50. These constraints are based on a linear stage design
where the pressure bearing pads are placed on the mover.
Equation 5 relates the cost of the magnetic material per gram
(Y) as a function of the remanent flux density of the magnet
(M,,).

Y = (24-1073) 37293 Mar )

This function was determined based on data from the on-
line design tool of HKCM [17]. The material cost of metal
was assumed to be negligible. Table 3 shows the results of
the parameter sweep for different magnet magnetization di-
rections. Some interesting things can be seen:

o All magnetization directions use the highest remanent
flux density of the magnet available.

e A gap in between magnets is unwanted in all magne-
tization directions except up-left, this is a result of a
slight increase in stiffness as the gap increases.

e The up-down magnetization array is relatively simple
compared to the others, no additional ferromagnetic
material or gaps are used.

e The left-right magnetization direction shows the best
performance. This however comes at the cost of com-
plexity as small features are required. Much material
is required relative to the other magnetization direc-
tions, resulting in a higher weight.

£
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Figure 3: Magnet configuration for up-down magnetization
direction with magnetic field intensity at 0.1 mm above magnet
surface.

From the initial parameter sweep thus can be concluded
that each magnetization direction produces a different opti-
mal configuration of magnets, metal and gaps. The choice
of magnetization direction is based on the trade-off between
weight, material cost, load capacity, stiffness and complex-
ity. The up-down magnetization configuration for the rela-
tively low material cost and complexity while still having a
moderate load capacity. The combination of low material
cost and low complexity can result in a very cheap to pro-
duce bearing design. The absence of gaps and metal makes
for a potentially monolithic producible bearing. The magne-
tization can then be "written’ on a single block of Ne-Fe-B
[18-20]. A single magnet block can significantly reduce as-
semblage as well as improve tolerances. The up-down and
left-right magnetization configurations are both suited for
bearing applications and they will be discussed next.

2.2. Up-down magnetization configuration

Figure 3 shows the magnet configuration using the vari-
ables in table 3 with the magnetic field intensity at 0.1 mm.
The neighbouring magnets provide a low reluctance path
which results in a spike in the magnetic field intensity. Due
to the large number of magnets, many low reluctance paths
are created. This moves the overall magnetic field intensity
closer to the magnet, increasing load capacity and stiftness.
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Table 4

Logarithmic sensitivity of an increase in the individual variables for the stiffness of the up-down magnetization configuration.
Nmag W/gup Hmug RII\\/I/I_:Z Magxtr Hmbp Fly helght

Stiffness 0.843 -0.002 0.113 -0.010 1 0.002 -0.282

Load capacity -0.138 -0.001 0.105 -0.008 1 0.002 -0.280

Stiffness and load capacity as function of

Number of magnets and thickness of MBP
Ay

06

Stiffness [N/pm]
Load capacity [N]

20 20 10 50
Number of magnets [-]
Figure 4: Stiffness and load capacity as a function of the num-
ber of magnets for different thicknesses of the metal bottom.
For up-down magnetization configuration.

Table 4 shows the effect of the different variables on the
stiffness normalized using logarithmic sensitivity. The sen-
sitivities are determined around the up-down configuration
in table 3. As the gap and the factor metal/magnets are al-
ready minimal, only the number of magnets, height of mag-
nets, remanent flux density and fly height can improve the
stiffness of the bearing. Use of a metal bottom plate has no
significant effect on the bearing performance but does add
moving mass if the bearing pads are mounted on the mover.
An increase in the number of magnets also decreases the load
capacity. Thus, a compromise has to be made.

Figure 4 and figure 5 show the influence of the different
variables on the stiffness and load capacity. The metal bot-
tom plate is more efficient for a lower of magnets. A relative
thin bottom plate of 0.5mm is enough to prevent effects of
saturation. Figure 4 again stresses the stresses the impor-
tance of many small magnets. It can be seen that the opti-
mum for load capacity lies around 20-25 magnets. The op-
timum for stiffness however is located outside of the graph.
From figure 5 we see that the stiffness and the load capacity
scale linearly with the remanent flux density of the magnet.
The height of the magnets shows an optimum around 1mm.
Further increase of the height reduces the stiffness slightly.

Figure 6 shows the relation between the height of the
magnets and the bearing performance for different thicknesses
of the MBP. Up to 25% performance gain can be achieved
by only 0.5 mm MBP thickness. It can be seen that in most
cases it is more economical efficient to use less magnetic
material and a thin MBP. Figure 5 and figure 6 contain all
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Figure 5: Stiffness and load capacity as a function of the re-
manent flux density of the magnet for different heights of the
magnets. For up-down magnetization configuration. The lines
for magnet height of 0.75 mm and 1 mm coincide.

Stiffness and load capacity as function of

Height of magnet and thickness of MBP
06 1180

e 160

044 jf" 1120

1100
03
180

Stiffness [N/pm]
Load capacity [N]

02 160

| —6—H p,=0mm 140
0 +Hmbp=0.5 mm

120

+Hme:2mm

0 . . L . . . .
0.4 0.6 0.8 1 12 14 1.6 1.8 2

Height of magnets [mm]

Figure 6: Stiffness and load capacity as a function of height
of magnet for different thicknesses of the metal bottom plate.
For up-down magnetization configuration. The lines for 0.5
mm and 2 mm bottom plate thickness coincide.

significant variables concerning the respective material cost
and weight. It can be seen that a cost-effective bearing is
to favour remanent flux density of the magnet over magnet
height, while using a metal bottom plate. The same goes for
optimizing towards weight, thin magnets combined with a
thin MBP.
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Table 5
Logarithmic sensitivity of an increase in the individual variables for the left-right magnetization configuration.

Nmag I/I/,gap Hmag R}\}‘;’_:; Magstr Hmbp Fly helght
Stiffness 0.548 -0.012 0.343 -0.063 1 -0.006 -0.550
Load capacity -0.590 -0.089 0.551 -0.146 1 -0.006 -0.284

Magnetic field intensity [A/m]

<>
0.4 mm

Figure 7: Magnet configuration for left-right magnetization
with magnetic field intensity at 0.1 mm above magnet surface.
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Figure 8: Stiffness and load capacity as a function of the num-
ber of magnets for different ratios of metal/magnet. For left-
right magnetization configuration.

2.3. Left-right magnetization configuration

Figure 7 shows the left-right magnetization configura-
tion for the values of the variables in Table 3. The study
from the previous section is repeated here for the left-right
magnetization configuration.

Table 5 shows the logarithmic sensitivity of the stiffness
for the different variables with the configuration in table 3
as initial value. The width of the gap and thickness of the
MBP are already zero, thus the ideal configuration doesn’t
include gaps or an MBP. The response of the load capacity
and stiffness on change in the height of the magnet, number
of magnets, factor metal/magnet and remanent flux density
of the magnet are shown in Figure 9 and Figure 10.

The same dependence of the number of magnets can be
observed in figure 8 as with the up-down configuration. There
is a distinct difference in the optimum of the load capac-

Stiffness and load capacity as function of
Magnet height and remanent flux density of magnet
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Figure 9: Stiffness and load capacity as a function of the re-

manent flux density of the magnet for different heights of the

magnets. For left-right magnetization configuration.

ity and the stiffness. The addition of metal in between the
magnets shows an increase in bearing performance. Some
metal is needed to guide the magnetic field. Increasing of the
width of this metal reduces the amount of magnetic material
in the bearing configuration eventually leading to a reduc-
tion of performance. Figure 9 also shows similar behaviour
for the remanent flux density of the magnet compared to the
up-down configuration.

As the specific weight of neodymium magnets and metal
are very similar, the weight of the configuration is deter-
mined by the height of the magnets. The material cost is de-
termined by the remanent flux density of the magnet, height
of magnets and the factor metal/magnet.

From the influence of the specific variables can be con-
cluded that the configuration using a left-right magnetiza-
tion depends largely on the cost and weight constraints. As
the MBP reduces the bearing performance, remanent flux
will be larger using this type of bearing. The stability will
also be an issue when choosing a configuration with a small
metal/magnet factor.

3. Method for validation

A materials test frame is used to validate the model of the
pressure bearing pad. This is done by a fly height sweep of a
pad made up of 23 magnets with the dimensions 50x2x2mm
(LxWxH) and a remanent flux density of 1.17 T [21]. The
magnets are arranged in the up-down magnetization config-
uration. The pad is placed on a ferritic stainless-steel (AISI
410s) bottom plate and is filled with 5 grams of either the
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Load - Fly height curve 46x50mm pressurebearing patch
100

EFH3

APG 513A

— — —Model APG 513A

— — —Model EFH3

- — Model EFH3 with Hep =4

90 -

BO

70

60

50

Load [N]

40

30

20

0.2 0 0.2 0.4 0.6 0.8 1 1.2 1.4
Fly height [mm]

Figure 10: Load-fly height curve of pressure bearing pad with
EFH3 and APG 513A ferrofluid and modelled performance of
the ferrofluid. pad consists of 23 50x2x2mm magnets from
HKCM[21] arranged in up-down configuration. The remanent
flux in the magnets is 1.17T, the location of fluid edge is mod-
elled 0.9 mm outside magnet.

EFH3 or the APG 513A ferrofluid.

Both the APG 513A and EFH3 fluid are manufactured by
Ferrotec. The APG 513A fluid is chosen as its common in
literature and its properties are well known. [22] The EFH3
fluid is chosen for its high magnetic saturation and low vis-
cosity, making it a more suitable ferrofluid for use in bear-
ings in comparison to the APG 513A.

The load of the bearing at the same fly height sweep is
modelled. The magnet dimensions, pad dimensions and re-
manent flux density are modelled as described above. As the
location of the ferrofluid edge is found at the point where the
magnetic body force acting on the fluid is overcome by the
gravity force, it can be determined using a COMSOL sim-
ulation of the magnetic field surrounding the bearing pad.
This location was found at 0.8 mm outside the bearing pad
for the APG 513A fluid and 0.9 mm for the EFH3 fluid. The
magnetic saturation of the ferrofluids are set to 32 kA/m for
the APG 513A fluid[22] and 52.5 kA/m for the EFH3 fluid
[23].

4. Results and discussion

Figure 10 shows the results of the of the fly heights sweep
and the calculated load capacity according to the model. Zero
fly height was taken to be the point at which the pressure
plate touches the magnets in the measurement.

The modelling of the bearing pad using the APG 513A
fluid is in close agreement with the measurement. There is
a slight divergence of the model and measurement as the fly
height approaches zero that can be explained by the squeeze
film damping from the relatively viscous (150 mPa-s) fer-
rofluid.

As can be seen in formula 1, the load capacity of a bear-
ing pad should be proportional to the saturation magnetiza-
tion. This can be observed when looking at the modelled
load vs fly height curve for the APG 513A and EFH3 fer-
rofluid. When looking at the measurements it can be seen
that while the APG 513A measurement and model are in
good agreement, the same is not true for EFH3 measurement
and model.

The probable cause of this difference is the accumulation
of magnetic particles in areas of high magnetic field gradi-
ents. The largest gradients in the bearing pad are located at
the corners in between two magnets. Accumulation of the
magnetite particles there causes effectively a short circuit of
the magnetic field, reducing the magnetic field elsewhere.
A relatively good approximation of the accumulation can be
done by increasing the relative permeability of the ferrofluid,
this can be seen in the dash-dot line in figure 10.

The APG 513A fluid achieves a load capacity of 1.75
N/cm?. This bearing configuration exceeds previous imple-
mentations of pressure bearings [9, 24, 25] and performs

comparable or better than implementations of single seal pocket

bearings [26-28]. Still, pocket bearings can be made with an
even higher load capacity by stacking seals. The downside
of this bearing design is the creation of more pockets of air
that all need to be managed in order to have a repeatable
stage behaviour.

5. Conclusion

The orientation of the different magnets in relation to
each other is an important variable in the design op pres-
sure bearing pads. Two distinct magnetization configura-
tions both prove promising. The up-down magnetization
configuration for its simplicity, and the left-right configu-
ration for performance.

The up-down magnetization configuration consists out
of an array of magnets combined with a metal bottom plate.
The number of magnets is the most important variable in
this configuration, combined with the remanent flux density
of the magnet. Higher amounts of magnets slightly reduce
load capacity, but offer more stiffness in return. Current state
of the art allows for the ‘writing” of the magnetization in the
magnets, this technology can allow for monolithic pressure
bearings [19, 20].

In the left-right magnetization configuration instead of
providing low reluctance paths like in the up-down mag-
netization configuration, the magnets counteract each other.
This can prove problematic as the configuration can become
instable when designing with a small metal/magnet ratio.
This configuration though potentially has more stiffness and
load capacity compared to the up-down magnetization con-
figuration.

In the bearing design, cost and weight are important fac-
tors. Due to the low height of the magnets required and the
ability to be produced monolithically, the up-down configu-
ration performs the best in cost effectiveness and weight ef-
fectiveness. If the cost and weight are of less importance the
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left-right magnetization configuration is the better choice.

The model is validated for use with the APG 513A fer-
rofluid. The EFH3 fluid shows effects that can be linked
to accumulation of particles at the magnet surface. Using
the APG 513A ferrofluid a load capacity of 1.75 N/cm? was
achieved. Potentially this can be higher when the bearing
pad is combined with a ferrofluid with a high magnetization
saturation and a high colloidal stability in order to prevent
accumulation.

The bearing pad that is created using the design guide-
lines developed in this paper can be used instead of single
seal pressure bearing pads without a loss in load capacity,
but with an improvement in the repeatability in fly height.
Although some precision systems require more load capac-
ity and stiffness, the achieved performance will satisfy the
demands in many applications.

This paper has given insight into the variables that go
into the design of a pressure bearing pad. This ferrofluid
bearing pad is a passive alternative bearing to motion sys-
tems that otherwise would have been forced to use an active
bearing to eliminate the effects of stick-slip.
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Ferrofluid (FF) can effectively be used as a liquid seal for rotary shafts to seal off gasses.
The technology tends to be less effective when sealing off liquids, where one major problem
is the degradation of FF when it comes into contact with the liquid. This paper presents a
method for replacing the FF in the seal without pressure loss, in order to improve the
lifetime of the seal. A test setup has been designed to comply with all the contemporary
knowledge on FF/water interface seals and to improve on it by adding a FF replenishment
method. Using a FEM model to predict the pressure capacity the results show the
measured capacity to conform with the model. The setup shows promising results on
stability of the seal when water is used as a medium in the pressure chamber.

Les ferrofluides (FF) peuvent étre utilisés dans les joints dynamiques pour étancher des
gaz. Cette technologie est moins efficace pour étancher des liquides. Dans ce cas un des
probléemes majeurs est la dégradation des FF en contact avec les liquides. Ce papier
présente une méthode pour le remplacement des FF dans le joint sans perte de pression
pour augmenter la durée de vie. Un montage expérimental a été congu pour satisfaire
toutes les connaissances contemporaines des interfaces FF/eau et de les améliorer en
ajoutant une méthode renouvellement du FF.

Un modéle d’éléments finis pour prédire la limite en pression du joint montre la capacité de
reproduire les essais. Le montage expérimental montres des résultats prometteurs de la
stabilité du joint quand I'eau est le fluide a étancher.

1 Introduction

The use of Ferrofluid (FF) in rotational shaft seals is still a new field when used to seal of liquids. Yet
there is an interest from industry to implement this technology for propulsion shafts in ships, as well as
many other applications.

The major problem is the failure of the seals in aqueous environment due to degradation [1], which
affect the lifetime of these type of seals when in direct contact with water. In [2] a mechanism was
developed to refresh the FF in the seal, to prevent leaking of the seal over time. The setup however
remains stationary and does not take into account the dynamic effects on the seal. Speed differences
of the fluids at the seal interface can initiate instability [3], which can lead to mixing of FF with the fluid
[4], [5]. Very high rotational speeds can cause centripetal forces [5] to act on the fluid. These phenomena
have an adverse effect on the seal lifetime or the pressure drop and are primarily dependent on the
peripheral speed of the shaft.
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This paper will expand on the mechanism of fluid transport by increasing the seal lifetime by
removing degraded FF at the water interface through pumping. A new test setup that more
closely resembles the real-world application where the effects of rotational speed of a shaft
will be tested on the FF transport mechanism will be introduced.

2  Method

The concept of FF sealing and transport, as well as specific design requirements will be
discussed in the following section. This will set the basis for a design which can remove
degraded FF to prolong the lifetime of the seal.

2.1 FF transport concept

The setup will consist of a rotary shaft with the seal fixed coaxially around it. The setup has a pressure
chamber attached to the front end to simulate pressurized fluids at the seal. FF is added at the front end
of the assembly Fig 1, facilitating the flow of FF to the seals while also diminishing discharge into the
pressure chamber. At a certain point, the added FF will travel towards the adjacent magnet that attracts
the fluid, thus transporting the FF over the seal assembly. After the last seal the FF can be collected for
recycling.

(w shaft ‘\w shaft

c) d)

Fig 1 The seal is first a) at equilibruim. Then FF is added b) to the first seal, moving the interface. Magnetic
forces c¢) of the second magnet become more prevalent on the fluid, pulling excess towards it. Finally
equilibrium restores d) with the excess fluid now on the second magnet

2.2 Sealing concept

The rotation of the shaft will have an influence on the performance of the seal where it can lower the
pressure capacity and/or reduce the lifetime of the seal. The pressure capacity is modelled on the static
case where the shaft rotational speed is zero. The gradient of the pressure becomes

Vp = ugM;VH
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where u, is the permeability of air and M; is the saturation magnetization of the FF. It is important to
note is that this equation is only valid for a saturated FF. For a single magnet and a specific FF, the
pressure gradient at a seal is only dependent on the gradient of the magnetic intensity H. Expanding
the pressure difference capacity over multiple seals is a summation of the magnets in series. The
equation becomes

n
Pi — Po = UM Z H;; —H,;
=1

where H; is the intensity at the higher pressure side of the seal, H, at the lower pressure side, n is the
number of sealing rings and i indicate a specific sealing ring. The highest magnet field strength of a
magnet is located at the edges. This phenomenon can be used to form a seal close to the magnet where
a high value of H is available.

2.3 Interface instability

The shafts rotation has an effect on the behaviour of the fluids at the interface where the fluids meet.
When the relative velocity between two fluids at the interface becomes sufficient large, waves form at
the interface, and instability occurs. When this instability has fully formed, the fluids start mixing,
decreasing the amount of FF in the seal and increasing the contact area at the interface. The point of
instability can be predicted by obtaining its criterion using the Rosensweig instability

1+ D2 (g — p2)? HZ}

p
(U, —Uy)* > oy

1P2 My + Uy

{ 29(p2 — p1)o +
Where U and p are the speed and density of the fluid, respectively, g is the gravity, ¢ is the surface
tension between the two fluids, u is the permeability of the fluid and H is the magnetic intensity at the
interface. The H direction should be parallel to the interface.

The design of the seal should be such that the relative velocity difference between the two fluids is
enough to prevent the onset of instability. Peripheral speeds on specifically ships hafts can reach speeds
of up to 6 m/s, therefore the design of the seal has to be adapted to mitigate these issues. This can be
done by adding a shield to the front end of the seal assembly [4], as is shown in Fig 1.

2.4  Seal tightness

In the works of [6] it is claimed that, when there is contact with water, FF seals slowly lose some
pressure, coined as tightness loss, while the shaft is in motion without failure of the seal. This loss
stabilizes over time. Another observation by [6]is that the critical pressure is dependent on the speed of
the shaft, decreasing with increasing speed with the critical pressure at standstill having the highest
value. These phenomena should be reproducible in the setup.

3 Experimental approach

3.1 Setup design

The design of the demonstrator (Fig 2), contains a rotary shaft driven by a motor. The Shaft rotates in a
pressure chamber that can hold liquids and pressures.
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magnet holder

bearing

shield

motor (7)

fluid inlet (2)
pressure chamber (1)

Fig 2 A cut-through of the FFP 02. Colours and tags are used to differentiate between the different

components.

Fig 3 Top image is A cutthrough of the FFP 02. Colours and tags are used to differentiate between the
different components. Numbers correspond with the bottom image. Here, the pressure chamber 1 is fed by
the inlet 2. The inlet of the FF 3 is connected to the syringe 4, used as FF resevoir and pump. A relative

pressure sensor 6 is connected to a data proccessor 5. The motor 7 drives the setup.

A seal assembly, containing the shield and 3 magnetic seals, is placed around the shaft to seal of the
chamber. FF can be added at the shield. The pressure chamber can be filled with water and pressurized
using compressed air. The seals are created by adding FF via the syringe while slightly increasing the
pressure in the pressure chamber, thus spreading the FF over all the seals. The intermittent chambers
are then pressurized by increasing the pressure further until all seals start leaking. This pressure is
denoted as the the p, of the setup. The completed setup with FF seals can be seen in Fig 3.

3.2 Experiments

The experiments will be divided in a static and a dynamic case. In the static case the shaft remains at
standstill. In the the dynamic case, experiments are conducted at speeds between 1000 and 6000RPM,

with increments of 1000RPM.

-4-
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In the static case the critical pressurep. can be determined. This is done by steadily increasing the
pressure until air starts leaking through the seal. This failure of the seal can be observed by a sharp
decrease in pressure in the chamber, as well as by a bubble sounds coming from at the back end.
Another experiment is the testing of the lifetime at standstill, where the chamber is pressurised until
0.95p. and measured until seal failure.

In the dynamic case, in a first experiment, a FF transport test is conducted at a sub critical pressure of
0.5p.. At each incremental velocity step, FF is added to the seal in a small burst of $0.1 mi$. If the
pressure in the chamber decreases with the addition of FF and bubbles can be heard at the back end
of the seal, a leak is determined. In a second experiment, the dynamic critical pressures p., at the
different velocity increments is determined. At each speed, the pressure is gradually increased until
failure of the seal.

Finally, the performance of the setup with water is tested. An dynamical case experiment is performed
where the seal is tested in a water environment at 6000RPM to determine the lifetime of the seal in
water. Lastly the FF transport experiment is repeated, now with water in the pressure chamber.

3.3 Comsol model

In order to know the magnetization gradient a FEM model is devised. Figure Fig 4 is a 2D model that
represents a cutthrough figure of the demonstrator. Only half is modelled due to axis symmetry. With
the magnetic iso-lines, the figure shows the high gradient near the edges of the magnet and a low point
in between the magnets. A total of 3 magnets with thickness b = 4mm are modelled with a flux density
of B, = 1.17T and have the same orientation.
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Fig 4 Magnetic field lines of the 2D model. Half of the cuttrough has been modelled because of symmetry.
Dotted line represents the symmetry line at the center of the shaft. The vertical black line represents the gap
of the seal.
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Fig 5 Graphs of the magnetic intesity at the top and bottom surfaces in the gap of the seal. Peaks correspond
to the edges of the magnets, shown in red. Height is measured from the surface of the magnet.
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Tab 1 Magnetization values from the FEM model for calculating the theoretical maximum pressure.

Paris Saclay, October 4, 2018

H; x 105 | H, x 10° Ap
Seal
[A/m] [A/m] [kPa]
1 4.11 1.77 103
2 3.84 1.76 9.09
3 4.11 0 18.08

The magnetization field intensity of the model in the gap between magnet and shaft is displayed Fig 5.
Each spike corresponds to the edge of a magnet and the valley to the furthest distance between two
magnet edges. Taking the the first peak from the green line and its corresponding lowest valley on the
blue line forms the H at the two interfaces of the first sealing ring. Repeating this for each seal seal ring
gives the values in table Tab 1. The assumption is that there is one sealing element per magnet. Two
elements will give a slightly higher pressure drop, but is negligible. These values result in a theoretical
maximum pressure of 37.47 kPa. The interaction between the sealing rings, resulting from the distance
between them, entails in that each ring does not contain the maximum amount FF. This is caused by
the attraction forces of the neighbouring rings. The actual p, thus tends to be lower.

4 Results & Discussion

4.1 Static critical pressure

An average critical pressure of p. = 34.15kPa was obtained by increasing the pressure in the chamber
until leaking of the seal, which lead to a sharp drop in the graph (Fig 6). The leaking was accompanied
by the sound of air bubbles escaping from the back end of the seal. The difference in critical pressures
measured derives from differences in the amount of FF in the seal during the experiments. The small
eccentricity in the shaft has also led to different results depending on the rotational orientation of the
shaft.

Static critical pressure

40
30
£20
& —data set 1
10 —data set 2
data set 3
0 0.2 0.4 0.6 0.8 1

Time [min]

Fig 6 An example of three datasets used in calculating the average of p.. The sharp drop is the result of a
leak of the seal. The pressure rise differsbecause of the fact that the presure valve is operated manually.

Keeping the setup at a sub-critical pressure of 0.95p, resulted in leakage after several minutes that
continued to leak over several hours. Having the seal at standstill, entices the FF to diffuse slightly
towards the magnet, decreasing the pressure drop capacity of a sealing ring. Furthermore gravity will
create an asymmetric sealing ring, weakened at the top due to less FF. This also means that the
increased amount at the bottom can lead to undesired FF transport, further decreasing the Pressure
drop capacity. If a sealing ring fails, it jettisons FF in the direction of the back end of the seal, which is
another form of unwanted FF transport and also has a negative effect on the pressure drop capacity.

-7 -
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4.2 Dynamic critical pressure

For the p, the values for each speed interval, as well the pressures for p. can be found in Fig 7. The
graph shows the pressure drop decreasing with each speed increase. The p, for lower speeds was
meaured at a higher pressure then the p., which was predicted to be the highest pressure. It is
suggested that the rotation of the shaft limits the amount of diffusion and asymmetry in the sealing ring,
increasing the performance of the seal. This could explain in the higher sealing capacity. The p,
gradually dropped over speed. This drop is comparabel to the findings of [6].

Dynamic critical pressure

38
= Critical pressure
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Fig 7 At each speed interval a leak test was carried out, resulting in the p.. The slope indicates the p.
decreases with speed increase.

4.3 FF addition

When adding FF to the seal while the shaft is rotating, no sharp drop in pressure is detected in Fig 8 for
each speed increment. A positive slope for some of the speeds is visible. This has been attributed to
the heating of the air by the setup, that is generated by viscous friction of the seal. For experiments at
3000 RMP and 6000 RPM the pressure was reset to 20 kPa. The graph shows that for a FF/air interface
the FF transport method works at the given sub critical pressure.

- sub-critical pressure FF transport

M
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Fig 8 Set up is pressurized to p. and is run at different speeds where after a certain time (blue area) FF is
added to the seal. The rising of the pressure is due to the heating of the setup by viscous friction.

Pressure [kPa]
N

4.4 Performance with water

To determine if the design was correctly designed according to the specifications mentioned in previous
chapters a lifetime experiment was conducted. The first test plotted in figure Fig 9 is a stepwise increase
of the speed at a sub critical pressure. It showed no sharp pressure decrease although a slight negative
slope is visible in accordance with the predictions by [6]. After the maximum speed was attained, the
test was ended. A full lifetime test was then performed at maximum speed. The graph in Fig 10 shows
the negative slope as before, but later the slope changes in to a positive slope due to the heating of the
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water. After 51 minutes the seal fails, shown by the sharp pressure decrease in the graph. The seal can
hold a sub critical pressure of 22.69 kPa with an FF/water interface for several minutes, demonstrating
that the design behaves comparable to contemporary setups, without further optimisation.

Speed test in water

O I L 1 1 |
0 1 2 3 4 o
Time [min]
Fig 9 Starting at 0 RPM, the speed is increased by increments of 1000 every 30 seconds until 60008 RPM. A
slight negative slope is visible.

Seal lifetime in water at 6000RPM
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Fig 10 At the sub-critical pressure the speed is increased to $60008 RPM. The speed is then maintained until
failure of the seal.

0

Addition of FF with a water interface showed comparable results with respect to the slight negative slope
over time. Adding FF at first doesn't lead to failure. However, Fig 11 shows at 3000 RPM that, while the
FF is being added, the pressure sharply decreases and water droplets begin to emerge from the back
end of the seal. The relatively quick failure (compared to the lifetime of 51 minutes at max. speed)
indicates that the addition of FF was the prime cause for failure. The amount of FF added to the first
ring at each interval and the flow rate at which it was administered can have a severe effect. FF that
isn't directly taken in the sealing ring and transported further towards the back end acts as excess fluid
in front of the seal which can more easily mix with water because it being further away form the magnet.
The mixture then can be pressed back into the seal after the addition has stopped, weakening the seal.
The location of the FF inlet is also a possible culprit. The inlet resides on the front end of the seal, which
could more easily facilitate mixing with the water when FF is administered to the first ring.

Fig 11 has also shown that the seal regains a new equilibrium and the leaking stop. The new equilibrium
is stable, and it can hold the new pressure, also at higher speeds. The seal is however weakened
because now there is water in the chambers. Also some FF has been washed away by the leaked water
through the seal. This means small pressure increases lead again to pressure a drop and more droplets
forming, further weakening the seal.
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dynamical sub critical FF transport data in water
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Fig 11 Set up is filled with water and pressurized to 0.5 p . At certain moments (solid line) speed is
increased, and inbetween (dotted line) FF is added to the seal. At 3000 RPM the seal fails at the moment of
FF addition.

A failed seal at standstill was measured to still be able hold a pressure of 15.67kPa before failing again.
Adding FF to the seal causes the seal to increase its pressure holding capacity to a pressure of
32.42kPa. This indicates that a failed seal can be repaired to a certain degree by adding FF to the seal.

5 Conclusion

A rotation setup was created to observe the effects of FF transport in a liquid seal. The design has been
based on the literature under similar conditions to obtain a seal with a high seal life. This includes the of
a shield for improved seal stability and also a small gap size to maximize the pressure drop and minimize
the interface area. The critical pressure was found to match the analytical model for the static case and
in the dynamic case the critical pressure showed to be depended on the rotary speed of the shaft. FF
transport was shown to successfully work without seal failure independent on the shaft speed.

The performance of the seal with a water interface showed the capacity to function for 51 minutes without
failure at full speed. The addition of FF however, while the shaft was in motion, has led to the failure of
seal prematurely. This suggest that the method for administering the FF has room for improvements
and has great possibilities designing a seal with long lifetime.
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Ferrofluid Rotary Seal with Replenishment System
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Ferrofluid rotary seals are mechanical contact-free magnetic liquid seals that are characterised by their
simple structure, low friction and ability to hermetically seal. Although ferrofluid rotary seals for sealing
vacuum and gases are part of a well established industry, the sealing of liquids has not been implemented
yet. Literature learns that degradation of the ferrofluid seal over time when it dynamically contacts a
liquid results into premature seal failure. This paper presents a new type of ferrofluid rotary seal in which
a ferrofluid replenishment system is implemented that renews the ferrofluid in the sealing ring while
sealing capacity is maintained. By replacing the degraded ferrofluid in the seal at a sufficient rate, service
life of the ferrofluid rotary seal can theoretically be unlimited. An analytical model and FEM analysis are
used to design the ferrofluid sealing device and to predict its sealing capacity. An experimental test setup
has been built on which the sealing capacity and service life of the device has been tested for different
sealing conditions. It is demonstrated that the ferrofluid replenishment system successfully extends and
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controls the service life of the ferrofluid rotary seal that dynamically seals pressurised water.

Keywords: magnetic liquid seal, lip seal, water, ferrofluid transport, magnetics

1 Introduction

In the 1960’s the world’s first patented magnetic fluid
was created by adding magnetic properties to rocket
fuel, enabling control of the fluid in outer space using
magnets [1]. Funded by space agency NASA Ronald
E. Rosensweig led the development of a wide vari-
ety of magnetic fluids and the research to the fluid
mechanics of magnetic liquids [2, 3]. Ferrofluid is a
magnetic fluid that consists of ferromagnetic nanopar-
ticles suspended in a carrier liquid [4]. The three main
technical application areas of ferrofluids are sealing,
damping and heat transfer [5]. In most of these appli-
cations ferrofluid is positioned magnetically and sec-
ondary properties of the fluid are then exploited. An
example of application are ferrofluid planar bearings,
where absence of both stick slip and mechanical con-
tact result in respectively a high precision and high
durability [6, 7].

Since the 1930’s radial lip seals are industries stan-
dard to retain lubricant and exclude contamination
in rotating shaft and bearing applications [8]. This
contact-based rotary seal is inherently subjected to
wear, which limits its service life and causes leaks.
Ferrofluid rotary seals are contact-free magnetic lig-
uid seals and are characterised by their simple struc-
ture, low friction and ability to hermetically seal. Fer-
rofluid rotary seals operating in vacuum and gas envi-
ronments already have proven themselves in industry
[9, 10, 11]. Ferrofluid sealing is also considered to be
very important in preserving the environment, since
ferrofluid is able to create hermetic sealing for haz-
ardous gases [12].

However, literature learns that ferrofluid rotary

seals fail prematurely when they are used for sealing
liquids [13, 14, 15, 16, 17]. The driving mechanisms
causing this premature failure are not fully understood
and prevent current implementation for sealing lig-
uids. Many authors attribute this limited service life to
the arise of interfacial instabilities between the liquid
that is sealed and the ferrofluid of the seal [18, 13].
When the liquid-ferrofluid interface becomes unsta-
ble, ferrofluid emulsifies with the liquid sealed which
results in failure of the seal. Mitamura et al. have
shown that a shielding structure in front of the fer-
rofluid rotary seal can be used to stabilise the interface
between the two fluids [19, 20, 21]. Although shield-
ing prevents instant seal failure caused by interfacial
instability, the service life of the seal is still limited and
unpredictable.

It is reported in literature that the magnetic prop-
erties of ferrofluid in contact with water decrease
[22]. Also it is suggested that the existence of shear-
ing forces at the interface of the ferrofluid seal and lig-
uid contained limits its service life [23]. Shear forces
between the liquid sealed and ferrofluid could cause
gradual removal of ferrofluid [24]. All these effects
could attribute to the degradation of the ferrofluid seal
when it seals a liquid in dynamic operation conditions.
Degradation decreases the sealing capacity of the seal
over time and causes seal failure when its sealing ca-
pacity becomes lower than the required operational
sealing pressure. If service life can be improved fer-
rofluid sealing technology seems very promising for
marine applications [25, 26].

This paper presents a new type of ferrofluid ro-
tary seal in which a ferrofluid replenishment system is
implemented that renews the ferrofluid in the sealing
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ring while sealing capacity is maintained. By replac-
ing the degraded ferrofluid in the seal at a sufficient
rate, service life of the ferrofluid rotary seal that seals
liquids can theoretically be unlimited. First an analyt-
ical model and FEM analysis of the ferrofluid sealing
device is presented. Next the stability of the ferrofluid
in the seal, the shielding and the ferrofluid replenish-
ment method is discussed. The acquired knowledge
is used to design an experimental test setup for a se-
ries of experiments in order to identify both static and
dynamic sealing capacity of the system. Finally these
results are used to perform an series of experiments
in order to validate the hypothesis that the ferrofluid
replenishment system improves the service life of the
ferrofluid rotary seal that is used to seal high pressure
water on a rotating shaft.

2 Methods

In order to design a ferrofluid rotary seal that seals lig-
uids, first an analytical model that describes its sealing
capacity is derived. Subsequently the required mag-
netic field intensities for this analytical model are cal-
culated by FEM analysis performed using COMSOL
Multiphysics©. Next, the influence of the magnetic
field gradient stability of ferrofluid on its sealing ca-
pacity is discussed. In order to prevent dynamic seal
failure, shielding of the seal is discussed and the new
concept of ferrofluid replenishment is introduced. Fi-
nally, the experimental test setup and experimental
procedures and results are elaborated.

Axis of symmetry

Figure 1: Cross-sectional overview of the ferrofluid rotary
sealing system that consists of an axially magnetised ring
magnet surrounding a ferromagnetic shaft. Ferrofluid mag-
netically positioned in the seal gap prevents liquid to leak
through the seal gap. The inner and outer shield are made
of non-ferromagnetic material.

2.1 Analytical model

A cross-sectional overview of a basic ferrofluid rotary
sealing system is presented in figure 1. The system

consists of an axially magnetised ring magnet that is
placed around a ferromagnetic shaft and supported
by a non magnetic structure (green). Two ferrofluid
seals that are located in the gap between the rotat-
ing shaft and stationary housing maintain the pressure
difference between the liquid with pressure p; that is
sealed and the atmosphere with pressure pg. In order
to calculate the static sealing capacity of the two fer-
rofluid seals in the sealing system an analytical model
is derived. The behaviour of the ferrofluid in terms of
its motion as a function of time can be described us-
ing the Navier-Stokes equations for Newtonian incom-
pressible magnetic fluids [27], presented in relation 1.

Dv
pp— = —Vpy+ nV2v + Prg + poMVH
Pressure Viscous  Gravity Magnetic
V-v=0

The left side term is the density of the ferrofluid
p times the rate of change following the mass mo-
tion v, also known as the material derivative. The
right side of equation 1 is the sum of the pressure,
viscous, gravity and magnetic body forces normalised
to a unit volume. In general gravitational effects are
small and can be neglected. For the derivation of the
analytical model only non-rotating static shaft condi-
tions are considered, which means that inertial and
viscous effects on the pressure distribution can be ne-
glected. The relation presented in equation 1 can now
be reduced to the relation shown in equation 2 and
only contains the pressure and magnetic terms.

Vpg = poMVH 2

where pg is the pressure inside of the ferrofluid,
1o the permeability of vacuum, M magnetisation of
the ferrofluid and H the magnetic field intensity. The
sealing capacity of a ferrofluid seal is defined to be the
maximum pressure difference between the high pres-
sure of the fluid (py) and the low pressure (py) of
the ambient gas that can be maintained without leak-
age. In order to calculate the sealing capacity of both
ferrofluid seals combined (p; — po), the boundary con-
ditions at the interfaces of the seals have to be investi-
gated. In figure 1 the dashed box indicates the bound-
ary condition at the interface between the liquid that
is sealed and the ferrofluid of the first seal. Equation
3 presents this boundary condition.

DL+ De =Py + Pn 3)

Besides bulk pressures p; and py also interfacial
pressures p,, and p. are present at the liquid-ferrofluid
interface. Pressure p. is the capillary pressure between
the liquid that is contained and the ferrofluid and pres-
sure p,, is the normal magnetic pressure.
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Capillary pressures will be neglected in the analyt-
ical model of the sealing capacity, considering its im-
pact is low compared to the magnetic pressures gen-
erated inside of the ferrofluid [28]. The magnetic nor-
mal pressure p,, is equal to poM? /2, where M, is the
normal magnetisation force vector at the interface of
the ferrofluid seal. The normal magnetic pressure p,
for the ferrofluid seals can also be neglected since the
magnetic field is tangential to the interfaces of the fer-
rofluid seal [27].

With these assumptions the pressure build up in
the first seal can be calculated using equation 2. The
magnetisation M of the ferrofluid is a function of the
magnetic field intensity. Since magnetic field inten-
sity in the sealing gap is high compared to the satu-
ration magnetisation (M,) of ferrofluid, it is safe to
assume the ferrofluid will be fully magnetically sat-
urated (M = M,). The maximum pressure differ-
ence between p; and p; then can be calculated by inte-
grating in axial direction along the length of the seal,
which is presented in equation 4.

pl_pi:/VPﬁ’dZ:MOMs/VH~dz
::U’OMS(Hol — H; )

4)

Equation 4 learns that the pressure build up of the
first seal depends on the magnetic field intensity H,;
at the liquid-ferrofluid interface and the magnetic field
strength H;; at the ferrofluid interface on the inside of
the seal. The sealing capacity of the second seal can
be calculated in a similar way, but now with the mag-
netic field strength H,, at the interface on the inside
of the seal and the magnetic field strength H;» at the
ferrofluid-air interface. Relation 5 presents the calcu-
lation of the total pressure build up p; — po of both
seals combined.

P —po = poMs (Hor — Hit) + (Ho2 — Hiz))  (5)

When pressure difference p; — po on the two fer-
rofluid seals exceeds the sealing capacity of the two
seals that is predicted by relation 5, the seals will burst
and the liquid that is sealed will leak through the seal

gap.

2.2 FEM Analysis

Equation 5 presented in section 2.1 learns that the
magnetic field intensities (Ho1, H;1, Ho2, Hi2) at the
interfaces of the two ferrofluid seals are required in
order to calculate its static sealing capacity. These
magnetic field intensities are calculated using the nu-
merical analysis package COMSOL Multiphysics ver-
sion 5.3.

The magnetic properties of the shaft material have
a significant impact on the distribution of the mag-
netic field intensity in the seal system. Shafts that

operate in aqueous environments and transmit torque
often are made of stainless steel. There are four main
families of stainless steels which are primarily classi-
fied by their crystalline structure. These are ferritic,
austenitic, martensitic and duplex stainless steels. Of
these four ferritic stainless steels have the best mag-
netic properties. Therefore the material of the shaft is
selected to be ferritic stainless steel (AINSI 430F) and
is modelled using the BH curve from the COMSOL ma-
terial library (stainless steel 430F annealed). The ring
magnet is modelled by a remanent magnetisation B,
and is magnetised in axial direction. Fillets of radius
4 of the used ring magnet are constructed in all cor-
ners. Seal gap h of the seal system is 100 pum. Table
1 presents an overview of the parameters of the fer-
rofluid sealing device that is used in the FEM analysis.

Table 1: Parameters of the sealing system which are used in
the FEM.

Design Parameters

Tfil 0.3 mm Br 1.28T
Ty 3.9 mm w 6 mm
T, 4 mm h 100 pm
t 3.5 mm M, 35 kA/m

Magnetic field strength

Figure 2: Magnetic field intensity of the seal having a fer-
ritic stainless steel (AINSI 430F) shaft. The isolines of the
magnetic field intensity are also the isolines of the pressure
distribution in the ferrofluid. Ferrofluid shapes according to
these isolines.

Figure 2 presents a two dimensional plot of the
magnetic field intensity in the system. The colour scale
represents the strength of the magnetic field, where
red is highest magnetic field intensity and white the
lowest. The black lines in the seal gap represent the
magnetic isolines. Equation 2 learns these isolines are
equal to the isolines of the pressure distribution in the

Appendix A9



.
1x A9

[

NP O WOow-Jo) U i whN

end

App

[l
[e)}

Y OYOYOYOYOY U U1 Ul U1 U1 U1 OO OO BB DSBS DD DWWWWWWWWWWNDNhDNDNDNDDNDMNDMNDMNDNDRERBRE
O WD PP O WO -JoUhd WNRE O WO-JUdWNE OWO-JO U WNEF OWOOWwJo) U i wdhEFE O wOow

system. Ferrofluid shapes according to these isolines.
Analysing the distribution and shape of these lines it
can be observed that two independent ferrofluid seals
can be formed by the magnetic field distribution in the
seal.

The magnetic field distribution of the seal system
is evaluated along two horizontal lines in the sealing
gap, one at the top of the gap (h) and one at bottom.
Figure 3 presents a lineplot of these magnetic field in-
tensities. Previous section showed that the sealing ca-
pacity of the ferrofluid seals depends on the magnetic
field differences H,1 — H;; and H,s — H;. Since the
seal will start to fail at its weakest spot, the magnetic
field intensities that predict the lowest sealing capacity
have to be used.

In order to reach the full performance potential of
the seal system the magnetic field difference AH on
each ferrofluid seal has to be as high as possible. The
inner shield, also shown in figure 1, makes sure that
the ferrofluid of the second seal is forced into a region
of low magnetic field intensity (H;2). The magnetic
field intensity plot of figure 3 learns that the inner
shield has to have a width of around 6 mm in order
to create a high magnetic field difference on the sec-
ond seal and therefore a high sealing capacity.

Magnetic field norm (A/m)

xloﬁ T T

Magnetic field norm [A/m]

0
z [mm]

Figure 3: Magnetic field intensity evaluated at two hori-
zontal lines along t axial direction at the top and bottom
surfaces of seal gap h. The material of the shaft is ferritic
stainless steel (AINSI 430F).

The ferrofluid (Ferrotec EFH1) that will be used in
the experimental sealing system consists of a light hy-
drocarbon carrier liquid with magnetite (Fe304) sus-
pended particles. The saturation magnetisation of the
ferrofluid M, equals 35 kA/m. Table 2 lists the mag-
netic field intensities at the two interfaces of both seals
which have been found in the FEM analysis. The seal-
ing capacity of both seals now can be calculated using
equation 2 The total predicted sealing capacity of the
two ferrofluid seals combined equals 96.2 kPa.

Table 2: Magnetic field intensities at the seal interfaces and
predicted sealing capacity of both ferrofluid seals.

H,-10° [A/m] | H;-10° [A/m] | Ap [kPa]
Seall | 11.4 0.541 47.8
Seal2 | 11.4 0.410 48.4

2.3 Magnetic field gradient stability of
ferrofluid

Since the ferrofluid in the sealing system is a colloidal
dispersion of magnetic particles in a liquid carrier, sta-
bility of that colloid is an important property of the
seal. In static sealing conditions the magnetic field
gradient in the seal generated by the ring magnet,
shown in figure 2, can cause migration of the mag-
netic particles. Particles travel through the fluid to
a higher intensity region of the magnetic field [29].
This phenomenon results in a non homogeneous fer-
rofluid that has a higher effective magnetisation. The
sealing capacity that is measured will be higher than
predicted using relation 5. By rotating the shaft at
sufficient speed the ferrofluid in the seal becomes ho-
mogeneous again.

The stability of the magnetic particles in the mag-
netic field gradient can be analysed by comparing their
thermal energy Erher, and magnetic energy Eisqg.
Thermal motion counteracts the magnetic field force
and provides statistical motion that results in a distri-
bution of the particles in the magnetic fluid. In equa-
tion 6 the ratio between both energies is presented.

ETheTm _ kBT
EMag NOMpHVp

6)

The thermal energy per particle can be calculated
by the product of the Boltzmann’s constant & and ab-
solute temperature 7'. The magnetic energy represents
the work in transferring the particle to the higher mag-
netic intensity region in the fluid. The magnetic en-
ergy per particle £y, can be calculated by the prod-
uct of magnetic permeability of vacuum g, magneti-
sation of the particle M, magnetic field intensity H
and particle volume V,,. It can be concluded that par-
ticle size is an important property of the ferrofluid that
influences its stability in the seal.

2.4 Shielding

A relative velocity between the liquid that is sealed
and the ferrofluid of the seal can cause interfacial in-
stability which results in seal failure [13, 30]. By in-
troducing a shield into the design of a ferrofluid seal
sealing liquids the liquid-ferrofluid interface can be
stabilised and instant seal failure due to interfacial in-
stability can be prevented [21, 19]. The simple outer
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shield structure presented in figure 1 is found to be
most effective [19]. Experiments and CFD analyses of
flow in a ferrofluid seal showed the shield stabilises
the interface between water and the ferrofluid. Figure
4 visualises the velocity profiles of the liquid sealed
and the ferrofluid of the seal when a no slip condition
is assumed. Also it is assumed flows in and in front of
the seal gap are laminar and that the velocity profiles
are linear in radial direction.

Figure 4: Velocity profiles of the liquid that is sealed and
the ferrofluid of the seal. Due to a height difference i be-
tween the magnet and shield of the system a relative velocity
between the fluids is created.

Equation 7 presents a relation for calculating the
relative velocity between the liquid that is sealed and
ferrofluid of the system.

ho

UV — U = Us

where vy and v; are the velocities of ferrofluid and
liquid that is sealed, v, the surface speed of the shaft
and hy the difference in gap height between the shield
and seal gap h. If a seal system design is considered
with a large ratio between ho and h, the velocity dif-
ference can be approximated by surface speed v,. It
can be seen that the height difference h is an impor-
tant design parameter for minimising relative velocity
between the liquids and the prevention of premature
seal failure.

The Kelvin-Helmholtz instability for magnetic lig-
uids derived by Rosensweig is often used to describe
the stability of the liquid-ferrofluid interface [27, 18,
13]. The Kelvin-Helmholtz instability is a hydrody-
namic instability in which two inviscid fluids are in rel-
ative and irrotational motion. The velocity and density
profiles are discontinuous at the interface between the
two fluids. Besides preventing instability of the inter-
face between the liquid sealed and ferrofluid, shield-
ing also decreases shearing forces on the ferrofluid.
Shearing stress on the ferrofluid is dependent on vis-
cosity, the relative velocity of the fluids and the con-
tact area between the liquids. When shaft diameter
and seal gap of the system increases, shear stresses af-
fecting the performance of the seal will also increase.

2.5 Ferrofluid replenishment system

Although shielding of a ferrofluid rotary seal that seals
liquids prevents instant dynamic seal failure due to in-
terfacial instability, service life of the seal is still lim-
ited. Degradation of the ferrofluid seal decreases the
sealing capacity over time and causes failure of the
seal when its sealing capacity becomes lower than the
required operational sealing pressure.

In order to solve this problem, a ferrofluid replen-
ishment system is introduced here into the design of
a ferrofluid rotary seal (also partially presented in
[31, 32]). The system replenishes the ferrofluid of
the seals by facilitating the axial transport of ferrofluid
from one seal to another.

Figure 5 presents an overview of the process of
ferrofluid transport through the two seals of the fer-
rofluid rotary sealing system that also was elaborated
in sections 2.1 and 2.2. First an amount of new fer-
rofluid is radially injected through a supply channel in
front of the first seal (step 1). By doing so the same
amount of ferrofluid at the lowest pressure region of
the first seal (interface of H;;) will jump from the first
seal to the second seal. This can be seen in steps 2
and 3 presented in figure 5. When the second seal is
supplied with ferrofluid from the first seal, ferrofluid
at the lowest pressure region of the second seal (inter-
face of H;5) will be pushed out of the seal to the right
through the sealing channel (step 4). This ferrofluid
will eventually be pushed to the end of the sealing
channel where it can be collected, potentially for recy-
cling.

The sealing capacity of the ferrofluid seals is re-
stored when the degraded ferrofluid is replaced by
new ferrofluid. If the ferrofluid in the seal constantly is
being replaced at sufficient rate, the service life of the
ferrofluid rotary seal theoretically could be extended
without limitation.

Step 1 Step 2
Step 3 Step 4

Figure 5: Concept of the axial ferrofluid transport through
the seal. During step 1 new ferrofluid is radially added in
front of the first seal. In steps 2 and 3 ferrofluid flows from
the first seal to the second seal. In step 4 ferrofluid of the
second seal is pushed to the ferrofluid outlet at the right.

In order to prevent the ferrofluid from flowing to-
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wards the liquid that is sealed instead of through the
seals, it is required that the liquid pressure p; is suf-
ficiently high in order to force the ferrofluid to jump
from the first to the second seal. In figure 3 the mag-
netic field intensity H;; between the two seals can be
seen. This magnetic field intensity can be used to cal-
culate a pressure p,, in order to define the opera-
tional range of the sealing system to use this axial fer-
rofluid transport. The sealing capacity of the seal sys-
tem can be increased when multiple seals are placed
after each other [33]. Equation 8 presents a general
relation for the upper- and lower-bound of liquid pres-
sure p; for the ferrofluid rotary sealing system when
ferrofluid is axially transported through its seals.

n
Do+ Pmin <1 <D0+ Y_ Ap; (8
=1

where py is the atmospheric pressure, p.;, the
minimum pressure, Ap; the seal capacity of each seal
ring j and n the number of seal rings in the system. It
can be seen that if the number of seals increases, the
operational range of sealing pressure p; also increases.

Up to now the analysis has been performed assum-
ing a non-rotating shaft. It is important to note that
the sealing capacity decreases when the shaft speed in-
creases. This also means that the operational range of
the sealing system is different for static and dynamic
sealing conditions. The refreshment rate of the seal
system has to be sufficiently high in order to compen-
sate for the degradation rate of the seal and thus to
prevent seal failure. If the volume of the seal is known
the specific replacement time of the ferrofluid seal can
be calculated using the relation presented in equation
9.

7 ((rs + h)? = 12) - weew
Qf

where R is the time constant with which the seal
is being replaced, r; the shaft radius, i the seal gap
height, w,.,; the total seal width and Qg the ferrofluid
supply rate. Without replenishment, the ferrofluid will
degrade with a certain time constant, and will fail
when the condition of the ferrofluid drops below a
certain critical value. Now, with replenishment, the
ferrofluid will still degrade but only until there is a
balance between the addition of new ferrofluid and
the degradation of ferrofluid in the seal, so the critical
degradation value will never be reached.

R:

9

2.6 Experimental test setup

The theory presented before is used to design and
manufacture a ferrofluid rotary seal module and test
setup in order to validate if the ferrofluid replenish-
ment system improves and controls the service life of
a ferrofluid rotary seal. An axially magnetised ring

magnet (HKCM R15x08x06ZnPc-42SH, [34]) with a
remanent magnetisation B, of 1.28 T, also discussed
in section 2.2, generates the magnetic field distribu-
tion inside of the ferrofluid sealing module. Corro-
sion of the magnet is prevented by its coating consist-
ing of parylene and zinc. The shaft (¢ = 7.8 mm) is
made of ferritic stainless steel (AINSI 430F), resulting
in the magnetic field distribution presented in figure
2. The diametrical clearance between the ring magnet
and the shaft is 200 pm and creates a seal gap of 100
um. The ferrofluid used in the setup and experiments
is Ferrotec EFH1 [35] and generates a theoretical seal-
ing capacity of 96.2 kPa, which was calculated during
the FEM analysis.

Figure 6 presents an overview of the ferrofluid seal
module that has been designed and manufactured.
The magnetic ring is contained in an assembly of four
layers of transparent acrylic sheets that are bonded by
transparent tape-sheet (3M 7955MP). By using trans-
parent structural material good visibility inside of the
ferrofluid rotary seal is provided. Layer 1 functions
as inner shield and creates a shielding channel that
stabilises the liquid-ferrofluid interface. Acrylic sheet
layer 2 contains a small milled channel of approxi-
mately 1 mm depth and width which is used for ra-
dial supply of ferrofluid in front of the first seal. The
ring magnet is supported by layer 3 and this layer also
contains a brass tube connector for the ferrofluid sup-
ply hose. Finally, layer 4 functions as outer shield and
makes sure ferrofluid of the second seal is directed to-
wards a low intensity region of the magnetic field. The
magnetic field intensity plot of figure 3 showed that a
layer thickness of 6 mm is sufficient in order to reach
the full potential of the sealing capacity of the second
ferrofluid seal.

O @ 6 @

Py Po

FF outlet

Figure 6: Cross-sectional view of the seal module. The seal
module consist of 4 different layers of transparent acrylic
sheets.

Ferrofluid flows into the seal module via the in-
let of layer 3 and enters through a hole in the sup-
ply channel of layer 2, which ends just before the first
seal. Subsequently ferrofluid travels through the seal-
ing channel to the ferrofluid outlet where it exists the
system. Table 3 presents an overview of the width and
function of the four layers.



QO Joy U W

AU U UTOITUTOTO OO B D RS D EWWWWWWWWWWNNRONRNONNNNNRONONRE P RERERR PP R
R WNRPOWVWOJINTEWNRFROWOVWO-JAUEWNROWOWO JAUEWNRFEOWOWOWJAUEWNR OW®JOU S WNR O L

Table 3: Overview of the transparent acrylic layers used in
the sealing module. The layers are bonded by 127 um trans-
fer tape (3M 7955MP).

| Layer | Width | Function |
1 6 mm Outer shield
2 2 mm Supply channel
3 6 mm Magnet support
4 6 mm Inner shield

In order to create the sealing environment the seal-
ing module is mounted on a pressure chamber. Care is
taken to ensure that only the shaft is ferro-magnetic,
all other materials in the setup are non-magnetic. Fig-
ure 7 presents a cross sectional view of the test setup.
The transparent acrylic cover end-plate provides good
visibility inside of the pressure chamber. The total vol-
ume of the pressure chamber is approximately 58 ml.
The liquid that is stored in the pressure chamber is
pressurised by air through the pressure inlet. The shaft
is supported by two pillow block ball bearings made of
a zinc alloy. The ferrofluid supply hose is connected to
the ferrofluid inlet of the seal module.

Pressure Motor

inlet FF supply

Coupling
Bearing

Pressure chamber Magnet
Figure 7: Cross-section of the test setup. The seal module
is mounted on a pressure chamber which creates the sealing
environment. A DC motor drives the ferromagnetic shaft
supported by two ball bearings.

In order to perform consistent experiments it is im-
portant that the surface speed of the shaft is constant
and therefore is velocity controlled. A 24 V brush-
less DC motor (Trinamic QBL4208-41-04-006) is con-
nected to the shaft by a aluminum flexible motor cou-
pling. The DC motor is supported by an acrylic struc-
ture and controlled using a single axis driver module
(Trinamic TMCM-1640). A computer with software
(Trinamic TMCL-IDE version 3.0) is connected to the
driver module in order to provide instructions to the
DC motor.

A rendering of the test setup is presented in fig-
ure 8. The pressure chamber is mounted to an acrylic
baseplate by supports (6060T66 AlMgSi 0.5). The
holes of these supports are slightly larger than the
bolts used for mounting, enabling alignment of the
seal module in both vertical and horizontal plane
around the shaft. Additionally slots have been made
in the acrylic support plate for alignment in the hori-
zontal plane. The base consists of an aluminum bread-

board (Thorlabs) with four Sorborthane vibration iso-
laters (Thorlabs & 38.1 mm ). Non magnetic stainless
steel bolts are used throughout the system for mount-
ing. The setup has been placed inside of an aluminum
drip tray.

Pressure
chamber

Seal

module
Support Motor

Baseplate

Figure 8: Rendering of the experimental test setup. The
setup is mounted on an aluminum breadboard base.

A global overview of the experimental test setup
including supporting systems is presented in figure 9.
The air pressure that is used in order to pressurise the
pressure chamber is generated by a compressor and
regulator. A needle valve is added for the manual fine-
tuning of the pressure increase. In order to stabilise
the pressure a buffer tank with a volume of 2 liters is
added. A ball valve is used to shut off the pressure
of the pressure chamber after the desired sealing pres-
sure is reached. Ferrofluid is rate controlled added
to the system by the combination of a syringe pump
(WPI SP100iZ) and a 3 ml syringe (HSW soft-ject).
The device allows to set the rate and total volume of
ferrofluid supply. The syringe and ferrofluid supply
hose are connected by a Huer lock connection in or-
der to make refill of the syringe convenient.

The air inlet hose of the pressure chamber is split
and connected to a monolithic silicon gauge pressure
sensor (NXP MPX4250DP). The sensor measures the
pressure inside of the pressure chamber (p;) relative
to the ambient air pressure (po). This means that the
sealing capacity of the seal (p; — po) is directly mea-
sured by the pressure sensor. The sensor is connected
to a 16 bit analog I/O device (NI USB-6211). Lab-
view 2013 (version 13.0, 32 bit) has been used to live
display the pressure inside of the pressure chamber
and to store the sensor data that has been obtained
during the experiments. The pressure is sampled at a
frequency of 10 Hz.
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Needle 1
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vave | Controller |<-- pC
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tank 1

Pressure
chamber

Seal module

Figure 9: Global overview of the experimental test setup
and its supporting systems. Continuous arrows represent
flows of air or ferrofluid, dotted arrows represent digital con-
trol signals.

2.7 Experimental procedure
2.7.1 Examination of sealing capacity

The first performance parameter of the ferrofluid seal-
ing system that will be experimentally evaluated is its
sealing capacity for a number of different static and
dynamic sealing conditions. It is important that the
exact moment of seal failure is accurately determined.
That is why for the experiments evaluating the seal-
ing capacity the buffer tank is removed. The seal-
ing device is prepared for each sealing condition by
first transporting ferrofluid through the sealing sys-
tem. Once the sealing channel is completely filled with
ferrofluid the supply is stopped and the seal is consid-
ered to be ready. During all experiments that have
been performed the alignment between the seal mod-
ule and shaft has not been changed.

First the static sealing capacity of the system is
determined when it seals demineralised water. The
sealing capacity is tested 5 times immediately after
the test setup is prepared and 3 times 24 hours after
the setup is prepared. During this settling time of 24
hours the seal is not pressurised, shaft speed is zero
and the ferrofluid replenishment system is not active.
These experiments are also conducted for air as sealed
medium. The dynamic sealing capacity of the system
when demineralised water is sealed is tested at five
different shaft speeds, ranging from 500 to 2500 rpm.

In order to obtain the sealing capacity of the sys-
tem during a certain sealing condition the pressure in-
side the pressure chamber will be increased until the
seal bursts. The rate of pressure increase is manually
controlled using the needle valve. The pressure of the
pressure chamber is live monitored during the experi-
ments. When the seal bursts during an experiment the
needle and ball valve are closed.

2.7.2 Examination of service life

When the static and dynamic sealing capacity of the
seal system are determined, the influence of the fer-
rofluid replenishment system on the service life of the

seal can experimentally be examined. The service life
of the seal system that seals demineralised water de-
pends on shaft speed, sealing pressure and rate and
duration of ferrofluid transport through the seal.

The pressure p; of the demineralised water that is
sealed is chosen to be at least higher than the sealing
capacity of a single ferrofluid seal (48.1 kPa). By do-
ing so, it is ensured that both ferrofluid seals have to
contribute to the sealing capacity of the seal system
when ferrofluid is transported through the seals. The
upper bound of the sealing pressure is determined by
the dynamic sealing capacity of the system at 500 rpm.
The closer the sealing pressure p; approaches this dy-
namic sealing capacity, the faster the seal will fail after
the replenishment system is deactivated. The amount
of time required to perform the experiments can be re-
duced this way. Within this range p; is set at 55 kPa
for the service life experiments (+90% of its dynamic
sealing capacity at 500 rpm).

In order to examine the influence of the ferrofluid
replenishment system on the service life of the seal,
the ferrofluid replenishment system has been deac-
tivated after various running times. These running
times are 10, 30 and 60 minutes. The ferrofluid supply
rate is set to 2 ml/hr, which theoretically results in a
replacement time constant of the ferrofluid in the sys-
tem of approximately one minute. The experiments
are alternated in order to exclude coincidence. Five
measurements per running time are performed.

3 Results and discussion

3.1 Static sealing capacity

The static sealing capacities of the seal that have been
measured during the four different sealing conditions
are listed in table 4. The moments that the seal failed
were very obvious, both from observation during the
experiments as afterwards in the recorded pressure
data. The average sealing capacity measured for water
(75.9 kPa) and air (69.8 kPa) slightly differ.

The static sealing capacity that has been measured
is lower than that was predicted by the analytical
model and FEM analysis (96.2 kPa). Overestimation
of the static sealing capacity could be due to wrong
assumptions in the FEM analysis, analytical model or
manufacturing errors in the test setup. Alignment of
the shaft and the sealing module during the experi-
ments was not perfectly concentric. Due to this mis-
alignment the radial seal gap height h is larger than
100 pwm at some locations in the seal system. This re-
sults in a lower magnetic field gradient at these weak-
est spots of the seal, thus lowering the sealing capacity
of the system. Also the non uniformity of the coating
of the ring magnet could introduce error in the height
of the seal gap. Other authors have also reported that
an increase in seal gap decreases the sealing capacity
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of the seal [36].

Table 4: Average sealing capacity measured for four dif-
ferent static sealing conditions. Also the number of experi-
ments per condition is listed.

| Static condition | Mean p, , [kPa] | # |
Water 75.9 5
Air 69.8 5
Water (24 hrs) 213 3
Air (24 hrs) 156 3

The FEM analysis did not account for the influ-
ence of ferrofluid on the magnetic field distribution
in the system. Furthermore in the analytical model
capillary effects have been neglected, which theoret-
ically could lower the maximum pressure the sealed
liquid can reach before the seal system fails. Other re-
search also indicated that overestimation of the seal
capacity of a ferrofluid seal could be due to capillary
effects [37, 6]. However, it has been shown that all
these assumptions may only result in an acceptable
small overestimation of the load capacity. As a conse-
quence, this means manufacturing errors are probably
the main reason that the sealing capacity is overesti-
mated.

The average sealing capacity for water and air that
was measured after the ferrofluid in the seal system
had been allowed to settle for 24 hours, 213 kPa and
156 kPa respectively, are significantly higher than the
sealing capacity that is measured when it was tested
immediately after preparation. A phenomenon that
could attribute to this increase in seal capacity is the
magnetic field gradient instability of the ferrofluid,
which was presented in equation 6. The particles mi-
grate through the fluid to locations that have a higher
magnetic field intensity, which increases the effective
magnetisation of the ferrofluid.

Also a difference in the sealing capacity for water
and air after 24 hours settling was observed. The seal-
ing capacity measured after water has been sealed for
24 hours (213 kPa) is larger than the sealing capacity
when air is sealed for 24 hours (156 kPa). This im-
plies that the increase in static sealing capacity over
time when water was sealed can not be attributed ex-
clusively to the migration of particles to a higher mag-
netic field intensity.

The magnetic field intensity in the sealing gap and
thus the sealing capacity of the seal can further be in-
creased by adding pole pieces on both sides of the ring
magnet [15]. Pole pieces consist of ferromagnetic ma-
terial that concentrate the magnetic field in the seal
gap. During this research the usage of pole-pieces has
not been investigated.

3.2 Dynamic sealing capacity

Figure 10 presents the dynamic sealing capacity of the
ferrofluid rotary seal at different shaft speeds ranging
from O till 2500 rpm. It can be seen that the seal-
ing capacity of the seal drops when the shaft speed
increases. The maximum pressure difference in [kPa]
can be expressed as a function of the rotation speed in
[rpm] by the exponential function 21.4-¢~0-0019n 1 54 3
fitted through the data with a coefficient of determi-
nation R? = 0.94.

The decrease in sealing capacity at higher shaft
speeds shows similarities with other results found in
literature. Szczech and Horak have proposed a mathe-
matical model that can be used to predict the dynamic
sealing capacity of a seal [13]. However, the dynamic
sealing capacity that is calculated using this model
predicts a faster decrease in sealing capacity at high
speeds than is measured. The setup that they have
used in order to derive their mathematical model did
not contain a shield. This could suggest that a shield
can also be used to improve dynamic sealing capacity.
Further research is required in order to validate this.

Dynamic critical pressure
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Figure 10: Boxplot of the measured dynamic sealing capac-
ity of the seal system at different shaft speeds. The fitted
line through the data is 21.4 - = %-°019" 4 54 3,

It is not fully understood why the sealing capac-
ity drops when the shaft speed increases. It is possi-
ble that higher inertial and viscous effects result into
a faster destabilisation of the ferrofluid flow inside of
the seal, which affects the sealing capacity of the sys-
tem. Also some authors consider the Kelvin-Helmholtz
instability that was mentioned in section 2.4 as the
main reason for the dynamic sealing capacity to de-
crease [18, 13]. However, since the test setup con-
tains a shield, the relative velocity between the water
that is sealed and the ferrofluid of the seal is minimal.
Furthermore it is not evident how the pressure of the
liquid that is sealed is related to the stability of the
interface between the ferrofluid and the liquid.
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3.3 Service life

Figure 11 presents the results of the service life experi-
ments on the ferrofluid rotary seal with replenishment
system. In the graph 15 measurements of the water
pressure inside of the pressure chamber are presented.
All measurements start at a water pressure p; of 55
kPa and for each of the measurements a sudden drop
in pressure after a period of time can be seen. This
drop indicates the moment the seal has failed and has
started to leak water through the sealing channel. Af-
ter that, when the pressure had dropped sufficiently
the ferrofluid that has remained on the ring magnet
is able to form a new seal and the pressure inside of
the container is again stabilised. It can be observed
that during most of the measurements a new seal was
formed at a pressure slightly below 20 kPa. After the
seal stabilised the measurements were stopped.

Service life (500 rpm, 2 ml/hr FF supply)

=60 min FF supply
——— 30 min FF supply
— 10 min FF supply | |
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Figure 11: Service life of the ferrofluid rotary seal when
the ferrofluid replenishment system is deactivated after 10,
30 or 60 minutes. Water pressurised at 55 kPa is sealed at a
shaft speed of 500 rpm. The ferrofluid supply rate is 2 ml/hr.

During the measurements presented in figure 11
ferrofluid transport through the seals of 2 ml/hr was
stopped after 10, 30 or 60 minutes respectively. When
the ferrofluid supply was stopped after 10 minutes the
seal failed within 20 minutes. If the ferrofluid supply
was stopped after 30 minutes, service life of the seal
increased to approximately 30 to 40 minutes. Finally,
if ferrofluid supply was only stopped after 60 minutes,
service life ranged from approximately 60 till 80 min-
utes. The measurement presented in figure 11 show
that the ferrofluid rotary seal did not fail while the re-
plenishment system was active.

Because the seal module is transparent and eas-
ily accessible it could visually be confirmed that fer-
rofluid is transported through the seal to the outlet of
the seal system while the replenishment system was
active. Due to gravity the ferrofluid at the output of
the seal leaked along the shield on the base-plate.

The measurements of the pressure in figure 11
show that the moment the seal fails can be controlled
by the ferrofluid replenishment system. The ferrofluid
supply rate of 2 ml/hr results in a specific replacement

10

time of approximately one minute. The sealing pres-
sure of 55 kPa during the service life experiments is
higher than the sealing capacity of a single ferrofluid
seal. This means that at the same time that ferrofluid
was transported from one seal to another, both seals
still were able to maintain their sealing capacity.

It can be seen that the original service life of the
seal without active ferrofluid replenishment system
is short and ranges from a few minutes to 20 min-
utes. This short service life of the seal without fer-
rofluid replenishment was expected, since the seal
was operating at 90% of its dynamic sealing capac-
ity. It also has been found in literature that service life
becomes shorter when the sealing pressure becomes
higher [14]. The ferrofluid supply rate that is required
in order to prevent failure of the ferrofluid seal is de-
pendent on the degradation rate of the seal. It is ex-
pected that the required supply rate decreases when
the original service life of the seal is higher at lower
sealing pressures.

During ferrofluid transport through the seal no wa-
ter was observed at the ferrofluid outlet of the seal.
However, the composition and properties of the fer-
rofluid leaving the seal and of the water in the pres-
sure chamber were not investigated in this research
and therefore the presence or absence of water in the
ferrofluid outflow cannot be confirmed.

4 Conclusion

In this research it is demonstrated that the service
life of a ferrofluid rotary seal that dynamically seals
pressurised water successfully can be improved and
controlled by implementing a ferrofluid replenishment
system in its design. Degradation of the ferrofluid in
the seal ring over time decreases its sealing capacity,
which results in seal failure when the sealing capacity
becomes lower than the operational sealing pressure.
If the ferrofluid seals in the system are completely re-
placed at a sufficient rate, service life of the seal theo-
retically will be unlimited.

The increase in static sealing capacity over time
that was observed during the experiments could
partially be attributed to the migration of particles
through the carrier liquid towards higher magnetic
field intensities.

Overall, it is believed that the implementation of
a ferrofluid replenishment system in ferrofluid rotary
seals will pave the way for the development of a new
rotary sealing technology for liquids promising low
friction in combination with infinite lifetime and zero
leakage.
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I. Introduction

Generally, when one is designing a bearing system, one
is designing a geometry and choosing a proper lubri-
cant such that the optimal performance is achieved
(Stachowiak and Batchelor, 2014). The geometry of the
bearing causes local variations in fluid flow resistance
and in lubricant transportation. Choosing different
lubricants changes the amount of resistance and trans-
portation of lubricant at a global level since the rheolo-
gical behaviour of the lubricant changes in the whole
bearing simultaneously.

Smart fluids add an extra design dimension by now
adding the possibility of locally changing the rheologi-
cal behaviour. The three main types of smart fluids are
ferrofluids (FF), magnetorheological (MR) fluids and
electrorheological (ER) fluids (Chiolerio and Quadrelli,
2017; Stanway, 2004). An FF is a fluid that is attracted
to a magnetic field (Rosensweig, 1966), and this beha-
viour causes an additional body force in the fluid giving
rise to a load-carrying capacity (Lampaert et al., 2018a,
2018b). MR and ER fluids are fluids that change their
viscous behaviour in response to a magnetic or an elec-
tric field, respectively. These fluids behave as Bingham
plastic, and they exhibit a yield stress of which the mag-
nitude is dependent on the strength of the applied mag-
netic or electric field. This locally changes the effective
viscosity, locally changing the resistance of the lubri-
cant transportation. In addition, often these effects are
accompanied by an attracting force between the fluid
and the field, giving rise to an extra body force in the

lubrication layer (Laghrabli et al., 2017a, 2017b). In
general, it can be said that locally changing this rheolo-
gical behaviour has similar effects as locally changing
the geometry of the bearing (Lampaert and van
Ostayen, 2017a, 2017b).

The additional advantage of using a smart fluid is
that it can be used to modify the bearing properties in
real time, making it possible to make an active bearing
system (Bompos and Nikolakopoulos, 2016; Christidi-
Loumpasefski et al., 2017, Wang et al., 2017). Some
orienting work on this concept shows some interesting
experimental work on an active hydrostatic bearing
(Guldbakke et al., 2009; Guldbakke and Hesselbach,
2006; Hesselbach and Abel-Keilhack, 2002, 2003). In
Bolter (1999), Guldbakke et al. (2009), Guldbakke and
Hesselbach (2006) and Hesselbach and Abel-Keilhack
(2002, 2003), a theoretical background was presented
for this bearing concept, but no exact solution for cal-
culating the load capacity of the bearing was provided.
Similar work is done in Urreta et al. (2009) that demon-
strates the difference in using an FF and an MR fluid in
a journal bearing. It showed that the internal pressure
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generated in an FF subjected to a magnetic field is not
strong enough to be relevant for use as an active lubri-
cant in most journal bearing applications. The work of
Becnel et al. (2012) showed that the magnetoviscous
effect is still present at shear rates up to 25,000 s7la
value that is regularly observed in bearing system appli-
cations. However, Urreta et al. (2010) showed that the
gain of using an MR fluid at high shear rates diminishes
due to the large viscous stresses at higher speeds.

A method to model the behaviour of a hydrostatic
bearing using MR or ER fluid in an efficient way is to
use lubrication theory and model the MR or ER fluids
as a Bingham plastic fluid. Some early effort to achieve
this was done by Wada et al. (1973a, 1973b) in which a
modified Reynolds equation was obtained by only
making few additional simplifying assumptions. Tichy
(1991) followed up on this work by deriving a Reynolds
equation that was an ‘exact’ derivation (that is derived
using the exact Bingham plastic fluid model), but this
was only valid for a one-dimensional (1D) lubricating
film approximation. The two-dimensional (2D) lubri-
cating film was later covered by Dorier and Tichy
(1992) using the Bingham—Papanastasiou (BP) approxi-
mation for a Bingham plastic fluid. The work of
Bompos and Nikolakopoulos (2011) discusses the use
of the bi-zone Bingham material model, and the work
of Gertzos et al. (2008) discusses the use of the
Herschel-Bulkley model in a three-dimensional (3D)
computational fluid dynamics (CFD) simulation. The
work of Nikolakopoulos and Papadopoulos (1998),
Vaz et al. (2017), Wada et al. (1974), Wada et al.
(1973b) and Wang et al. (2017) discusses experimental
work on bearings lubricated with a yield stress fluid.
From the research presented in literature, it follows that
it is possible to model the flow of smart fluids, but no
proper thin film—based solutions were found to predict
the load characteristics of active hydrostatic bearings.

The problem faced in modelling the behaviour of
hydrostatic bearings lubricated with MR fluids is that
computation times tend to be very time consuming.
Simple simulations of the behaviour can easily take
hours to compute. This is not convenient in the design
of such a bearing. This is especially troublesome during
optimization of the design since every call of the objec-
tive function is very demanding.

Therefore, this article presents a new thin film—
based, and therefore, numerically efficient model to
predict the load and stiffness of a planar hydrostatic
bearing lubricated with a Bingham plastic fluid. The
work provides insight into the potential of using MR or
ER fluids in an active hydrostatic bearing. The model
furthermore helps to gain insight into how the flow pat-
tern changes in response to changing yield stress due to
the applied field. This work finds an experimental vali-
dation in the work of Lampaert and van Ostayen (in
press).

2. Theoretical model

The derivation of the load capacity of the hydrostatic
bearing lubricated with MR fluids starts by deriving
the flow field in-between the two bearing faces, fol-
lowed by integrating the flow field over the fly height
of the bearing resulting in the flow rate through the
bearing. The derivation assumes a constant recess pres-
sure that makes it possible to calculate the bearing
resistance by dividing the pressure gradient across the
land by the flow rate. This makes the bearing resistance
equal to the land resistance. The last step is to calculate
the load capacity by integrating the pressure over the
bearing surface.

Figure 1 presents the bearing model used in this arti-
cle. It consists of two static, axisymmetric bearing faces
at which the only pressure gradient is assumed to be
over the land area of the bearing; the recess area is
assumed to be frictionless, and therefore, a zero pres-
sure gradient is assumed there. A magnetic field may or
may not be present to activate the MR fluid. The arti-
cle refers to ‘Newtonian fluid’ when the fluid shows rel-
atively low non-Newtonian effects. A Newtonian fluid
model then accurately describes the behaviour.

2.1. Flow field

The derivation starts from the Cauchy momentum
equation

— = _Vp+V.r+ 1

Py Vp+V.r+f (1)

Assuming a thin film, low Reynolds number, 1D

flow with no body forces in the thin film below the
bearing dam reduces this equation to

op Ot
ox oz )
Here, it is assumed that the dam width is narrow
compared to the recess radius. And thus, it can be
assumed that there is a pure 1D flow across the dam of
the bearing. This relation leads to the following shear
stress over the height of the fluid profile

1op

The relation demonstrates that the shear stress is
high near the walls and zero in the middle of the profile.
A Newtonian fluid would result in a parabolic flow pro-
file based on this stress profile. The flow of a Bingham
plastic fluid will be different in the sense that flow only
occurs when the stress in the material exceeds the yield
stress of the material (Ashour et al., 1996; Asma et al.,
2016; Kumbhar et al., 2015; Zubicta et al., 2009). The
material is assumed isotropic, which is not necessarily
the case as shown by Dohmen et al. (2017a, 2017b).
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Figure I. Configuration A is a hydrostatic bearing that works by actively pumping lubricant in-between the two bearing faces to
create a load-carrying capacity. The recess area has close to constant pressure since the flow has little resistance there; the land area
shows a strong pressure gradient due to the high resistance caused by the small fly height h. Configuration B presents the same
hydrostatic bearing geometry but now with magnets in the land area in which an MR lubricant is supplied in-between the two
bearing faces to create a load-carrying capacity. The variation of the magnetic field results in a variation of the effective flow

resistance across the land area.

The following relation describes this behaviour and
demonstrates that only the amount of stress that is
above the yield stress contributes to the realization of
flow

5 0, 7] <, %=O

u -7, ‘

S G En w0
0z T+ T

- || =7y, % <0

From these equations, the location in the profile where
the shear stress is equal to the yield stress can be
derived. Equations (5) and (6) present the bottom and
top location where the shear stress is equal to the yield
stress, respectively. The flow is always in the same
direction (out of the bearing), and therefore, the pres-
sure gradient is always negative

T=T,

1dp

Ea—x(Zz — h) = Ty
1dp 1dp (5)
——z=-—=h+

2ox- 2@

h ap\ !
Zbottom — E + Ty (a_§>

T= -1,

! (6)
ZfUP_E_Ty a

In-between the location of z,, and zpuem. the stress
is not large enough to exceed the yield stress, and thus,
solid material behaviour is the result in this region.
Equation (7) calculates the height of this so-called plug
by simply taking the difference between the two

9 -1
hp = Zwop — Zbottom T 27y (a_i> (7)

Based on equation (7), a dimensionless number is
defined (equation (8)), which describes the nature of
the flow and which is equal to 0 when there is no plug
present in the fluid and 1 if the plug covers the total
distance between the two bearing surfaces

_hy o 2m (ip)
R, h h (8x> ®

Using this dimensionless number (equation (8)), the
top and bottom locations for the plug can be written as
equation (9)
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hohy h Wb h
=+ L=+ "2"=_(1+R,
R T i e A U0 )
ho hy h R h
bottom — N T A~ T~ A - 5 — Iy
Zhowom = 5= T35 T 5 (1= )

Subtracting the yield stress from the total stress
equation (5) presents the stress in the channel that in
the end is available to cause flow. The following rela-
tion describes this for the region above and below the

plug

Tflow, bottom — T — Ty

lop (22 (10)
= ——hl——1+R,
2 0x <h 8%>
Tflow,plug = 0 (11)
lop, (2z
Tflow, top — Eah<ﬁ_ 1- §Rn) (12)

And from this and equation (4), the velocity can be
derived assuming a zero sliding velocity of both bearing
surfaces

z

1 1 ap (2
Ux, bottom — ;J Tflow, bortomdz = %ah (z - (1 - §R,,)Z 5
0
O=sz= Zbottom (13)
Ztop
1
Uy, plug = Ux, bottom (Z = Zbotrom) + % Tflow, plugdz

Zbottom

- (1 - §Rn )Zh()m)m s Zhottom =Z = Ztop

— ia_ph Z?]ottom
2m ox h
(14)

1
Ux top = Ux,plug + ; Tflow, ropdz
Ztop

22— 2

19 + Zhotom
= Ea_l;h<m+botm_ (1 + %n)(z_ztop) - (1 - ‘SRVl)szﬁOWI)ﬂ

ZwpSz<h (15)

When the recess pressure is higher than the burst
pressure, flow will occur. The part of the fluid that
flows behaves as a Poiseuille flow, one-half of the flow
profile is above the plug and the other part of the flow
is below the plug. The plug flows along with the velo-
city equal to the maximum velocity of the Poiseuille
profile.

2.2. Flow rate

The flow profile can be split into two regions with a
parabolic shaped profile and one region with a plug
flow shape. The two regions with a parabolic shape are
symmetrical, and thus, only one has to be integrated to
know the total flow rate of both combined. The flow

rate of the parabolic flow part O, is calculated in the
following way

Zbottom Ztop Zbottom

onis =L Uy, bottomdz + L [ Uy, topdz =2L [ Uy, bottomdZ
0 0 0
L 8p 3 3
= = %pa_w,
12m ox ( W)

(16)

The parameter L presents the circumference of the aver-
age outflow radius, which is equal to 277 for the circu-
lar case presented in this article. The flow rate of the
plug flow part is calculated in the following way

Qplug =L ux,plugdz

S —

(17)
L op
8m ox

h3(1 - §Rn)z%n

The total flow rate in-between the two surfaces can
be calculated by now summing up the two flow rates

Ocomb = onis + Qplug

2.3. Bearing or land resistance

The resistance against flow of the bearing R; is calcu-
lated as the ratio of the recess pressure p, over the flow
rate through the bearing Qp

R PP _ 249Ar _ 2R,
: Qh Qcomb L3 (2 - 3§Rn + %2) (2 - 3§Rn + %3,)
(19)
where R, is defined by
129Ar  6mAr
R = = — 2
Lh3 arh3 (20)

2.4. Load capacity

The load-carrying characteristic of a hydrostatic bear-
ing is defined by the potential (pressure) divider pre-
sented in Figure 2. A basic model of the hydrostatic
bearing with MR fluid is derived by deriving a relation
for the resistance of the bearing R;.

From this potential divider, the recess pressure p,
can be calculated using (equation (21))

R
R+ R 1+§_;-p“'

Dr (21)

Substituting equation (19) in relation equation (21)
results in the following relation
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Ps R l Pr

Figure 2. The pressure in the bearing is defined by a potential
divider of the supply restrictor resistance R, and the land
resistance R;.

1

pr= p
I+ R 2—3%, + 9037 22)
= RS — 3
Ps Pr(l + 2R.. (2 3%” + an))

For the system we are analysing, and assuming the
pressure gradient across the (narrow) land area is con-
stant, the flow parameter presented with equation (8) is
a function of the recess pressure p,

_2nAr
h pr

Or, after substitution of equation (23) in equation
(22)

R, (23)

27, Ar R,

1+
ps h%( 2R

In order to determine the R, as a function of the sup-
ply pressure, yield stress and other parameters, the fol-
lowing cubic relation derived from equation (24) needs
to be solved

R.. hp R..
3 [3 4+ 228 +2 (= + =
R <3 T, m) R, + 2 <RS 1> 0 (25)

(23R, + é}tf,)) (24)

a as

This last relation is a cubic relation of which an ana-
lytic solution is derived by writing it in its standard
form and calculating the following values

3a; — a% Re hpy
=—— = —(1+ -
0 9 3R, T, Ar
_ 95,3
_ 9611612 27613 2(11 = _(1+ &
54 Ry
D=R+0Q = By Re ey’
Ry R 37,Ar

R

(26)

These values can be used to calculate the following
solution

3Rm:S-f'T—ﬂ

3
S+7T ay iv3
= - 4+ -T
Rz 7 3 2 (S—-1) (27)
S+T ay iv3
3= ———— == ——— (S =T
Rz > 32 (§-=T)

Only one of these solutions will be physically feasi-
ble. To investigate the nature of the solutions, the dis-
criminant can be calculated in the following way

2 3
D=(1+%) —(1+R°° psh) (28)

R_s37yAr
For convenience, equation (23) is used to write the
formula in the following form

R\’ R. 2p5 \°
D=(1+R—>—(1+ p‘)

R_s3§Rnpb

2 2
= & 1_2 Ps +2R_°C I_A
RS 9 gﬁnpb RS §}Enljb
N e’

never positive

always negative

R.. 2p; } _
(= < 2
(RS 3§Rnpb> 0 ( 9)

The value of R, can range between 0 and 1, and the
recess pressure p, can never exceed the source pressure
ps- This means that the first term of equation (29) is
always negative and the second term of equation (29)
can never be positive. From this, it can be said that dis-
criminant D is always smaller than zero which practi-
cally means that there are three different real roots. Of
these three real roots, only one will be physically feasi-
ble, and this root is used to calculate the load capacity
of the system. The value of &, can be substituted back
in relation equation (22) to calculate the recess pressure.
The load-carrying capacity of the bearing can subse-
quently be calculated using the following equation

A an
W =p, (A - ") (30)

In this relation, the parameters A, ecess and A4j,,q pres-
ent the surface area for the recess and the land defined
in Figure 1, respectively.

3. Method for validation

The static load characteristic of the bearing is calculated
using both an analytical model and a numerical model
using the parameter values presented in Table 1. The
analytical model is based on the theory presented in the
previous chapter. In this article, we assume a uniform
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Table I. Table with bearing geometry values used in the article.

Parameter Symbol Value Unit
Average outflow radius r 0.0225 m
Yield stress T 0,10', 102,103, 10* Pa
Viscosity Mo 0.1 Pas
Land width Ar 0.005 m
Supply pressure bs 5x10° Pa
Restrictor resistance R 10" Pas/ m3
Fly height h 107>...102 m
Regularization factor m | -

try axis

Figure 3. Schematically overview of the model including all the relevant parameters.

Figure 4. Example of the mesh build for the numerical model.

magnetic field such that a uniform yield stress is present
throughout the fluid film. A full numerical simulation
of the magnetic field, in order to determine the yield
stress, 1s not necessary here but easily implemented if
required (Bompos, 2015; Bompos and Nikolakopoulos,
2011, 2016; Moles, 2015; Urreta et al., 2010). A numeri-
cal model of the bearing system is built using the
COMSOL Multiphysics software package. The flow is
modelled as an incompressible Stokes flow with the BP
viscosity model to achieve convergence of the model
(Putz et al., 2009; Smyrnaios and Tsamopoulos, 2001)
(equation (31))

n=mn,+ % (1 - eimm) (31)

The regularization parameter m, which describes the
smooth transition from solid to fluid in the BP model
was chosen to be equal to 1. The resistance in the recess
is assumed to be constant, and this assumption allows
one to only model the land area of the bearing. Figure 3

presents the axisymmetric geometry used for the model.
The left edge of the model has a pressure inlet p, and
the right edge has a pressure outlet py. The top and bot-
tom edges are walls with a no-slip boundary condition.
The inlet pressure is calculated by subtracting the pres-
sure over the restrictor due to flow from the supply
pressure py, as described in equation (32). The flow at
the outlet of the bearing defines the total flow through
the system. Figure 4 presents an example of the mesh
used in the computation. The simulation uses a triangu-
lar mesh with Lagrange elements of order two for the
velocity and order one for the pressure (P2 + P1). The
computation was terminated by either reaching a rela-
tive tolerance of le—35 or a maximum number of itera-
tions of 4000. Computation is done on an Intel Xeon
CPU E5-1620 V3 @ 3.50GHz with 32GB or RAM

Dr = Ps — QoutRs (32)

4. Results

Figures 5 to 9 present results calculated using the ana-
lytical approximation developed in this article. The fig-
ures assume a recess pressure p, of 3.3 bar, 0.67 bar
and 19 mbar together with a yield stress of 1 kPa,
respectively. Figure 10 presents results calculated using
both the analytical approximation and the numerical
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Figure 5. The stress that is available for flow plotted over the
height of the channel. Both the analytical (A) and numerical (N)
results are shown.
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Figure 6. The velocity of the fluid plotted of the height of the
channel. Both the analytical (A) and numerical (N) results are
shown.

CFD model. The analytical data in this figure took 2 s
to solve, and the numerical data took 7 h and 47 min
to solve.

5. Discussion

The stress distribution from equation (3) and the flow
field of equations (13)—(15) are presented in Figures 5
and 6 for different values of A, respectively. These dif-
ferent values of 4 correspond also with different values
of R, as can be seen from the circles presented in Figure
9. The figures show that for lower values of R, the flow
behaves more similar to a Newtonian flow and for
higher values of R,, the flow behaves more like a plug
flow. For intermediate values of &, there is a plug pres-
ent right in the middle of the flow.
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107 : : 0°
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Figure 7. This graph presents the flow parameter ¢, and the
land resistance R; over the fly height h for a constant pressure

supply.

o Solution 1
o N Solution 2
o Solution 3

-4 . . . .
0 0.002 0.004 0.006 0.008 0.01

h [m]

Figure 8. The three solutions of equation (27). The results
show that only solution | gives a physically correct solution
since for that solution, i, stays between 0 and .

Figure 7 shows the flow parameter R, and the flow
resistance of the land R; over the fly height of the bear-
ing h for a constant supply pressure. For this situation,
a linear relation between R, and 4 exists as expected
from equation (23). The graph furthermore demon-
strates that there is a one-to-one relation between 4 and
Rpow. The three solutions of equation (27) are visualized
in Figure 8 that shows that only one solution satisfies
the requirement of R, being between 0 and 1. This can
be seen as the only physically correct solution. The phy-
sically correct solution of R, can now be used to calcu-
late the bearing or land resistance. Figure 9 presents 3,
and the R, in function of 4. It demonstrates that, in the
situation for a hydrostatic bearing, there is not a linear
relation between R, and 4 anymore, as is expected from
equation (23). The main reason for this is that for this
situation, both the p, and A are changing simultane-
ously (due to the use of a supply restrictor).
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Therefore, only 4 is changing in the situation of
Figure 7, whereas both the p, and /4 are changing simul-
taneously in the situation of Figure 9. This has an effect
that there is not a one-to-one relation anymore between
R, and &, and also p;, should be considered to find the
right solution. Interesting to note also in Figure 9 is
that the size of the plug is relatively large for both high
and low values of 4 and small only for intermediate val-
ues of /.

The recess pressure as a function of the fly height
calculated both with the analytical model and the
numerical model is given in Figure 10. The graph
shows the two models are in good agreement up to a
fly height of about 5% 107>m. Above this value, the
height of the channel becomes larger than the length,
and as a result, the thin film approximation is no lon-
ger valid. However, results are still presented to demon-
strate the limits of the method. Interesting to note here
are the differences in calculation time; the analytical
model took a few seconds to solve, while the numerical
model took almost 8 h. The analytical model shows to
be far more effective to obtain a quick characteristic of
the system. Figure 10 furthermore shows that the recess
pressure at a low fly height is equal to the feeding pres-
sure. This is explained by equations (21) and (33) that
show that for a very high land resistance, the recess
pressure becomes equal to the source pressure

ggl+%m ps (33)

Figure 9 shows that for decreasing fly heights, the
value of R, approaches the value 1.0 meaning that the
size of the plug and the fly height come closer and closer
to each other until the moment they are equal. In the
limit case where they are equal, equation (34) shows
that the land resistance goes to infinity

- 1020

=
o
o

R, [Pas/m”]

N
o
o

30°

Figure 9. The graph above presents the flow parameter R,
and the land resistance R; over the fly height h. The three circles
correspond with the three cases presented in Figures 5 and 6.
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Figure 10. Recess pressure as a function of fly height for
different yield strengths. The solid lines present the solution for
the analytical model, and the crosses present the solution for
the computational model.

. 2R

am R = STy (34)
For higher fly heights, the recess pressure of
Figure 10 decreases by either a —3 slope or a —1 slope.
The slope steepness implies that that there is either a
~h=3 or a ~h~! relation present. The —3 slope
describes the situation where the yield stress of the fluid
is set relatively low; the lubricant is close to a
Newtonian fluid. This means that the flow value &, is
close to 0, which can either mean that the pressure gra-
dient is very high or the yield stress divided by the land
width is very low. The limit case of land resistance in
that situation converges to that one of the hydrostatic
bearings lubricated with a Newtonian fluid as

explained with (equation (35))

2R
lim Rj = —— =R 35
R ! 2-0+0) (35)
Substituting R, = 0 in equation (22) gives an equiva-
lent result to equation (35) by providing the relation of
a conventional hydrostatic bearing lubricated with a
Newtonian fluid

R
m(ie ) =n (36)

By using a yield stress fluid, the —3 slope gradually
transitions into a —1 slope for increasing fly heights.
For very high values of the yield stress, the —3 slope
even vanishes completely. Figure 9 shows that for
increasing fly heights, the value of ¥, converges to 1.0
meaning that the size of the plug and the fly height
come closer and closer to each other but never become
equal. Becoming equal would result in an infinite resis-
tance that would increase the pressure and so the pres-
sure gradient in the bearing. This large pressure
gradient would cause a lower value of ¥, and so a
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smaller plug in the flow. In region where R, is very
close to 1.0, the pressure gradient is proportional to the
yield stress divided by the fly height. This causes a situ-
ation where the recess pressure is proportional to the
yield stress as explained in equation (37). This again is
visible in Figure 10

o 2 (a_l’)_ ~1
Py = 2Ty Ay
h

For an MR fluid, the yield stress of the fluid is about
proportional to the magnetic ficld intensity. This has a
result that the recess pressure is proportional to the
magnetic field strength there. Relation equation (30)
shows that the bearing characteristic is, apart from the
fly height, also dependent on some other parameters
like the surface area of the bearing. Since these depen-
dencies are not significantly different from conventional
hydrostatic bearing, it is left out of the discussion.
Using electromagnets instead of permanent magnets
generates the possibility to turn this bearing into an
active bearing.

The results of this work demonstrate that changing
the rheological behaviour of the lubricant significantly
changes the bearing properties. For conventional sys-
tems, only the geometrical configuration changed to
change the bearing properties. This work demonstrates
the effect of introducing the extra design parameter of
changing the rheological properties of the lubricant.
This is something of which little is known, further
research should be conduction to clarify the exact
potential of this extra design parameter.

6. Conclusion

The work derives an exact analytical model for the load
and stiffness of a hydrostatic bearing using a Bingham
plastic fluid. A numerical model validates the analytical
model and furthermore shows that the analytical model
is much more time efficient. The model shows how the
load characteristic is changing with changing yield
stress in the fluid. The concept has a higher load capac-
ity at high fly heights compared to a conventional
hydrostatic bearing. The model demonstrates the
potential of using an MR or ER fluid such that the
yield stress is controllable. The article derives a non-
dimensional flow parameter that describes the nature
of the flow in-between the bearing surfaces.
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Magnetorheological fluids can be used as a smart lubricant as a result of the fact that its properties can be
changed with the use of a magnetic field. Local flow resistance and local pressure can be generated by applying a
local magnetic field. This work presents a hydrostatic bearing in which the pressure profile of a conventional
hydrostatic bearing is recreated with solely the use of a magnetic field and a magnetorheological fluid. The
magnetic field is applied only locally at the outer edges of the bearing with the use of an electromagnet. The
principle is demonstrated with the use of an experimental setup and a model from literature.

1. Introduction

The bearing has made a lot of progress since its inception, and the
typical lifetime has increased considerably combined with a sig-
nificantly reduced friction [1,2]. Still the system is not perfect, and the
cost of energy losses due to friction and system failure for society are
still huge. In addition, the CO, emissions due to friction are especially
important nowadays. Estimations show that in total about 23% (119 EJ)
of the world's total energy consumption is caused by tribological con-
tacts [3].

One way to improve bearings systems even further be may be with
the use of smart fluids. Examples exist that use the addition of magnetic
fields together with ferrofluids [4-7] and magnetorheological (MR)
fluids [8-17] to boost the performance. Other examples exist that use
the addition of electric field together with electrorheological (ER) fluids
to boost the performance [18-21].

The common property of these MR and ER lubricated bearings is
that the variable rheological properties of the lubricant add an extra
design variable to the system. This extra variable opens up a completely
new dimension of bearing configuration. Conventional bearing system
use local changes in the bearing surface geometry, so called local tex-
tures, to create a local change in flow resistance. Bearing systems using
MR fluids can create that local change by the application of local
magnetic fields, so called MR textures [22-26].

This research demonstrates the potential of this MR texturing by
demonstrating the similarities of a hydrostatic bearing using only
geometrical surface textures and a hydrostatic bearing using only MR
textures (Fig. 1). An experimental setup, a numerical and an analytical

* Corresponding author.
E-mail address: S.G.E.Lampaert@tudelft.nl (S.G.E. Lampaert).
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model show the load capacity in function of the fluid film height. This
work furthermore shows the potential of the manipulation of the
magnetic field to facilitate active control of the bearing properties.

2. Method

Three different methods demonstrate the behaviour of a hydrostatic
bearing with MR texturing in this paper. Firstly, an experimental setup
is built that is able to measure the load capacity in function of the fluid
film height. Secondly, a numerical model is built that simulates the
behaviour of the experimental setup as closely as practically possible.
Lastly, an analytical model from literature simulates this same situation
in a more approximate but time efficient way. Fig. 1 presents the dif-
ferent geometrical parameters used throughout this research.

2.1. Syntheses of the fluid

The MR fluid used in the experiments consists of a mixture of a low
viscosity mineral oil (Shell Tellus S2 VX 15) with oleic acid (OA) and
fine iron particles (BASF Carbonyl Iron Powder HS,
dpary = [1.8 — 2.3]um). The OA has as function to put the particles easily
back into suspension. At rest the particles will slowly settle at the
bottom due to the large size of the particles [27]. OA makes this sedi-
ment soft and easy to mix again, the absence of OA makes the sediment
very hard and almost impossible to mix back into suspension. The
substances are mixed in a mass ratio of ¢, = 0.720kg/kg,
@, = 0.228kg/kg, ¢,, = 0.0520kg/kg into a total mixture of m, = 5.48kg.
The mixture is stirred for 24h, first by hand, later by using a

Received 8 March 2019; Received in revised form 25 July 2019; Accepted 5 September 2019

Available online 21 September 2019

1567-1739/ © 2019 The Authors. Published by Elsevier B.V. on behalf of Korean Physical Society. This is an open access article under the CC BY license

(http://creativecommons.org/licenses/BY/4.0/).

Appendix A1l



Appendix All

S.G.E. Lampaert and R.A.J. van Ostayen

p A i

land land

outlet

Fig. 1. A set of magnets mimics a geometrical surface structure Only the outer
rim has a magnetic field such that the fluid experiences only resistance at the
outer rim of the bearing resulting in a declining pressure there.

mechanical mixer.

Constant mixing was present in the lubricant reservoir during the
experiments to minimize the sedimentation. Still some sedimentation
occurred. For this reason, a density measurement is performed during
the bearing measurements by taking samples Vi, = 0.1ml of lubricant
with a micropipette and measuring its weight. The density is measured
with a set of 20 measurements that lead to a mean density of
Puub,exp = 1,94kg/l with a standard deviation of 0,24kg/l. This density is
significantly lower than the expected density of g, ;,; = 2,38kg/l. From
these numbers it is assumed that the realised content of the iron is
= 0.63kg/kg or iron,exp = 0.151/1.

¢lron,exp

2.2. Material properties

Table 1 presents the susceptibility and saturation magnetization of
different carbonyl iron (CI) particles found in literature. The work of
[28] presents the material properties of the same CI particles as used in
this research The particles have a magnetic permeability of
u;=1—x~35 and an assumed saturation magnetization of
M; c; = 1600kA/m. The Maxwell-Garnett relation given in (EQ (1)) de-
scribes the effective permeability of the MR fluid [29]. The saturation
magnetization scales with the volumetric particle concentration of the
fluid which results in a saturation magnetizing of M; = 240kA/m or
B, = 0.3T(EQ2) [30-34].

Table 1

Susceptibility and saturation magnetization of CI particles.
dpart [um] X M cr [kA/m| Source
1 20.46 + 0.19 1700 [35]
2 5 1600 [36]
2 2.53 n.a. [28]
2.8 =35 4.76 1500 [37]
1 5 1700 [38]
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Fig. 2. Comparison between the Bingham plastic fluid model and the Bingham-
Papanastasiou model used in the numerical computation.
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A Bingham plastic fluid model (EQ (3)) approximates the viscous
behaviour of the MR fluid [39]. Here both the yield stress and the
viscosity are a function of the magnetic field intensity. The drawback of
this model is that it gives some difficulties during numerical simulation
as a result of the non-zero yield stress at zero shear rate. Using the
Bingham-Papanastasiou model (EQ (4)) solves this since that approx-
imates the behaviour of the yield stress by generating a very high
viscosity at low shear rates [40,41]. A regularization parameter m is
chosen such that he the Bingham-Papanastasiou model follows the
Bingham plastic model down to a shear rate of y = 1s~'. Shear rates
lower than y = 157! are assumed to be of negligible influence to the
solution. Fig. 2 presents the Bingham plastic model and the Bingham-
Papanastasiou model for a yield stress present at M2 of Table 2 in
function of a range of relevant shear rates. A regularization parameter
of m = 10 is chosen such that the Bingham-Papanastasiou model closely
follows the Bingham plastic model down to a shear rate of y = 1s7%.

_ o

n=1n+ m 3)
- D (1 = g

m=mt e @

There are different methods to measure the properties of yield stress
fluids [42,43]. In this research, a commercial cone-plate viscometer
(Anton Paar MCR302) measures the viscous behaviour of the fluid. The
viscous behaviour as a function of shear rate and magnetic field is
measured. The shear rate is measured in a range from 7, ,,,; = 0.15™'
tO Yiygh mes = 100s™". The magnetic field is measured in a range from

Table 2

Measurement specific parameter values.
Parameter Symbol  Value MO  Value M1  Value M2  Unit
Current I 0 1 2 A
Pressure Dy 4% 10° 4% 10° 3 x 105 Pa
Average yield stress, Tieldavg O 160 450 Pa
Viscosity i 0.073 1 3 Pas
Number of measurement sets  Nges 7 9 5 -

1442
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Table 3

General parameter values of the experimental setup.
Parameter Symbol Value Unit
Bearing radius ry 0.02 m
Inner cavity ) 0.0025 m
Length of land Ar 0.01 m
Restrictor Ry 8.3 x 101! Pas/m"3
Saturated yield stress oo 3355 Pa
Starting yield stress Ty0 10 Pa
Saturation speed sy 0.0056 71
Saturated viscosity Neo 10 Pas
Starting viscosity My 0.073 Pas
Saturation speed ez 0.01 -1

Biow,mes = OMT t0Byign, mes = 645mT. The measurement is done six times
for each combination of shear rate and magnetic field. The shear rate
range is relatively low due to high thermal dissipation in combination
with a high magnetic field strength; the cooling system was not able to
cool the fluid properly causing inaccurate results. The magnetic field
was measured up to the saturation point of the fluid [44]; the yield
stress did not increase further from this point. A fluid sample is taken
from the fluid reservoir of the experimental setup during the mea-
surement of the load curve. This made sure that the same fluid prop-
erties are measured as present during the load curve measurement.

The Bingham model defines the fluid behaviour in the numerical
modelling of the bearing behaviour [34]. The parameters of the
Bingham model are fitted to the data measured with the rheometer
[45]. This leads to one specific yield stress and one specific viscosity for
every measured flux density. The functions presented in (EQ (5)) and
(EQ (6)) are fitted to the different yield stresses and viscosities such that
the complete rheological behaviour is turned into an analytical relation
in function of the magnetic field and the shear rate [46]. See Table 3 for
the explanation of the different parameters.

Ty = Tyoo + 2(To — Tyeo) (€700 — 0.5¢257) )

1y = Ny + 20y = 7,,) (€778 — 0.5¢=21) 6)

Fig. 3 presents three shear stress vs shear rate measurements per-
formed on the fluid. The points present the different measurements and
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Fig. 3. Three viscosity measurement for different magnetic fields.
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Fig. 4. Yield stress and viscosity values fitted to the viscosity measurements and
used in the Bingham model. The confidence interval of the fit is 90%.

Force sensor

Flexure

Bearing gap
inlet

Inner coil
Outer coil
Iron yoke

outlet

Fig. 5. Schematic of the cross section of the experimental bearing setup.

the solid line presents the resulting fit of that measurement. Fig. 4
presents the fit values of all the viscosity measurements done.

2.3. Experimental setup

The drawing presented in Fig. 5 presents the experimental setup
that mimics the behaviour of the mechanical texturing of Fig. 1. The
setup consists of two planar disk-shaped bearing surfaces in which a
lubricant enters at the center of the bottom surface and leaves at the
edge of the surfaces. Two concentric coils under the bearing surface
control the magnetic field strength in the bearing gap. A centrifugal
pump (SKF FLM12-2000) pressurizes the fluid to a pressure of
p, =5 bar. A pressure relief valve (SKF WVN200-10E6) supplies the
lubricant at a constant pressure to the system (Fig. 7). The bearing
obtains its normal stiffness from a linear restrictor (SKF VD1-105)

Fig. 6. Picture of the experimental setup.
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Fig. 7. Hydraulic system used in the experimental setup.

which has a restrictor value of R, = 8,3 X 10''Pas/m"3 for the lubricant
viscosity when no magnetic field is applied. A cylindrical diaphragm
flexure suspends the upper bearing surface such that it can move up and
down. The flexure is relatively compliant in the tilting direction of the
bearing such that it allows self-aligning of the bearing surfaces. The out
of plane stiffness of the flexure is much lower than the stiffness of the
bearing such that it does not influence the measurements. The upper
bearing surface accommodates a FUTEK LLB400-5001b-FSH03891
button-type force sensor. A precise positioning stage pushes against the
force sensor from the top such that all applied force flows through the
force sensor. A stepper motor controls the stage using a recirculating
ball screw to convert the rotational motion onto a translational motion.
The optoNCDT1402 laser sensor from Micro-Epsilon measures the
height of the bearing gap. The sensor measures the distance between
the moving part of the stage and the side rim of the bearing housing
(Fig. 6). The stiffness of the force sensor and the construction is much
larger than the stiffness of the bearing, so only the stiffness of the
bearing is measured. A basic feedback algorithm makes sure that the
bearing gap stays at a constant value. The complete system is able to
position with a precision of 1um and measure the force with a precision
of IN. Production of the bearing surfaces with a lathe guarantees the
smoothness while finishing by polishing guarantees a low surface
roughness. The roughness and flatness of the surface are measured with
a Bruker ContourGT-K.

The two coils produce a magnetic field in opposite direction such
that there is large field at the sides of the bearing and no field in the
middle of the bearing. The ratio between the two coils is derived for the
situation that there is no magnetic fluid present in the baring gap.
Adding a magnetic fluid in the bearing causes the field distribution to
change slightly due to the magnetic properties of the fluid. The nu-
merical model takes these effects into account. This makes it possible to
validate the shape of the magnetic field by using a Goudsmit HGM09
Gaussmeter. The minimum measured magnetic field intensity in the
centre and the maximum field intensity at the sides validate the mag-
netic field intensity of the numerical model.

The experimental procedure consists of three series of measure-
ments. Table 2 presents the measurement specific parameter values and
Table 3 presents the general parameter values of the setup. A mea-
surement series consists of multiple measurements sets. One measure-
ment set consists of one sweep of load capacities measured from high
fly height to complete contact between the bearing faces. The first series
with a current of I, = 0A functions to calibrate and validate the ex-
perimental setup. The other two sets function as experimental results of
the load characteristic of the hydrostatic bearing with an activated the
MR fluid.
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Pr

Fig. 8. The pressure in the recess p, is defined by a potential divider of the
restrictor resistance R, and the land resistance R,.

2.4. Analytical model

Another paper related to this work and presented in Ref. [25] dis-
cusses the analytical model used in the paper extensively. This paper
only repeats the important steps in the method. The derivation of the
analytical model start from the potential divider of Fig. 8 that makes
sure that the bearing systems has stiffness. The linear inlet restrictor R
and bearing film resistance R, together define the pressure entering the
recess p, as described by (EQ (7)). The recess pressure finally defines
the load capacity of the bearing. The load carrying capacity is calcu-
lated for two situations, without and with magnetic field (EQ (7)). is
valid for both situations. Figs. 1 and 8, Tables 2 and 3 presents the
explanations of the different parameters used.

R

b= R+ Rxps

)

Without the magnetic field, the MR lubricant exhibits no yield stress
and thus behaves as a Newtonian fluid. The resistance of a circular
hydrostatic bearing as given by (EQ (8)) can reasonable describe the
resistance in that situation [47,48].

6y In( 2
R’:%(am) ®)

Substituting (EQ (8)) into (EQ (7)) gives the recess pressure. This
result together with the relation given by (EQ (9)) describes the load
capacity [47,48].

_a+A4Ar/2 -1
Fog=0 = o ln((rb+Ar/2)) Pr

ro

)

Subjecting the MR lubricant to a magnetic field results in a yield
stress for the fluid, and thus the fluid behaves as a Bingham plastic
fluid. Solving the set of relations presented in (EQ (10)), (EQ (11)) and
(EQ (12)) for either %, or p, results in an analytical expression for the
pressure coming out of the restrictor. These relations are taken from the
related work presented in Ref. [25]. These relations practically include
the effect of having a plug in the middle of the flow caused by the yield
stress of the fluid. Relation (EQ (11)) uses the assumption of modelling
the resistance of the bearing by a slit with a length of Ar at a radial
distance of r,. The contribution of the resistance of the inner section
(recess) where there is negligible magnetic field is neglected.

2Ty Ar R;- 3
=221+ =2 2-3%,+ R
S h 9%,,( 2Rm( " ”)) (10)
_ 12p4r _ 12pAr
Tk T ok an
_mar
" hop 12)

The pressure consequently goes down from the point 1, — Ar/2 till
the edge of the bearing defined by n, + Ar/2. The leads to the following
relation for the load capacity:
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7 (ny + Ar/2)* — (n, — Ar/2)?
2 ln(rb+Ar/2) Pr

rp—A4r/2

Fb,Ty#“ =

a3

2.5. Numerical model

The numerical model package COMSOL Multiphysics 5.3a is used to
develop a finite element model of the bearing system. This work again
follows the same procedure as presented in the related work [25]. The
axisymmetric design of the setup facilitates an axisymmetric numerical
model. The first step in the modelling is calculating the magnetic field
followed by a flow calculation. Section 2.2 presents the specifications of
the magnetic properties and the method of validating the field. This
magnetic field functions as an input for the flow calculation since it
defines the yield stress of the material. A Stokes flow models the flow of
the fluid. The walls of the channel have a zero slip boundary condition.
An input pressure in function of the flow that flows through the bearing
defines the behaviour of the linear restrictor as presented in (EQ (14)).

b =Dy — Qou Ry (14)

A zero pressure condition defines the output of the flow at the
outside rim of the bearing surfaces. Section 2.2 presents the properties
of the fluid used in the model. The free triangular mesh is very small at
the walls in order to account for the high shear gradient expected at the
walls due the expected large size of the plug. The maximum size of the
element near the walls scale such that enough elements are present to
model the behaviour of the fluid. In addition, the use of P3+P2 ele-
ments (third order velocity and second order pressure) increases the
form freedom of the elements near the walls. A nonlinear solver ac-
commodates for the nonlinear behaviour of the fluid. Numerical itera-
tions both for the magnetic field and for the flow field are continued
until a relative tolerance of 10~* on the residual is reached. The mod-
elling results consists of three series. Table 2 presents the measurement
specific parameter values and Table 3 presents the general parameter
values of the setup. Computations are done on an Intel Xeon CPU E5-
1620 V3 @ 3.50 GHz with 32 GB of Ram.

3. Results

Fig. 9 presents the magnetic field distribution over the radius of the
bearing in the presence of a magnetic fluid. The distribution has a
minimum in the centre of the bearing and a maximum at the outer
radius of the bearing. Table 4 presents the measurements with the
Teslameter on the experimental setup without a magnetic fluid present.
Again, a minimum is present in the centre and a maximum is present at

02 : : : : 2000
0.18 {{——Flux density 1, = 2A 11800
0.16 H——Flux density I1 =1A 11600

=0.14 Yield stress I, = 2A 11400 E

20121~ - - Yield stress |, = 1A 1200 ‘¢

.a o

2 0.1 1000 £

9 1)

= 0.08 | 800

o ©

i 0.06 600 <
0.04 1 400
0.021 200

0 ———-cc-c----° | S -
0 0.005  0.01 0.015 0.02 0.025
r[m]

Fig. 9. Magnetic field without a magnetic fluid present in the bearing gap. The
solid line presents the magnetic field at a fly height of h = 0.1 mm and the
dashed line presents the corresponding yield stress.
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Table 4
Magnetic flux density measured on the experimental setup without a magnetic
fluid present.

Current Measured flux density centre Measured flux density side
L =1A Beent,1 = 3mT Bsige. = 57mT
L=2A Beent,» = TmT Biide.2 = 132mT
B [T]
m
0.028
{ 1.6
0.027 14
0.026 %-2
0.025 0.8
0.6
0.024 04
0.023F 0.2

0.02 m

Fig. 10. Plot of the magnetic field produced in the system. The arrows have a
normalized size.

the outer radius. The minima and maxima present in the measurement
compare well with those in the numerical model, and this validates the
magnetic field used in the numerical model.

Fig. 9 also presents the yield stress distribution over the radius of
the bearing film for the two different field intensities investigated while
there is a magnetic field present in-between the two bearing faces.
Fig. 10 presents the flow of the flux in the system. Note that within the
bearing gap, the flux flows radially, either inwards or outwards. The
realised shape of the magnetic field resembles the mechanical equiva-
lent of Fig. 1.

Fig. 11 presents the first measurement series in the absence of a
magnetic field. The graph shows both the raw measurements, the pre-
dicted analytical model and the fitted model. The measurements and
the predicted analytical model show an offset in force. A correction
factor of f s, = 0.9 has been applied in the fitted model, demon-
strating the accurate trend of the predicted model. This shows that the
model is about 10% off. The other measurements do not make use of
this fitting factor.

Fig. 13 and Fig. 14 present respectively the results of measurement

MO measurement, fit and prediction

200 —#—Model fit |

—6— Prediction
100 r 1
80 r 1
60 r 1
= 40 | ]

e

L 20 f ]
10 1

e P P P ¢

N ¥ ¥ PP N
h[m]

Fig. 11. Load capacity of the bearing in the absence of a magnetic field. The
graph shows both the measurements, the predicted model and the fitted model.
The boxplots presents the measured data.
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Fig. 12. Load capacity generated with the parameters used in the different
graphs.
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Fig. 13. Load capacity of the bearing in situation M1.
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Fig. 14. Load capacity of the bearing in situation M2.

condition M1 and M2 presented in Table 2. The different boxplots
present the different performed measurements. The solid line presents
the analytical model and the line with circles presents the results from
the numerical model. Fig. 12 presents the three analytical models
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Fig. 15. Pressure distribution in the bearing film over the radius of the bearing
for a film height of h = 0.1mm.
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Fig. 16. Pressure distribution in the bearing film over the radius of the bearing
for a film height ofh = 0.2mm.

discusses in this paper for a wider range of film heights and a constant
pressure source, all other parameter values are the same as elsewhere in
this paper. Fig. 15 and Fig. 16 presents the pressure distribution in
between the bearing surfaces the situation of [} = 14 and , = 24 for
respectively a film height of h= 0.2mm and h= 0.1mm. Note that the
difference between the two situations presented in Fig. 15 is only small
due to the difference in source pressure.

4. Discussion

The discussion of this paper first discusses the individual measure-
ments done in this research. It does this by interpreting the individual
measurements, analysing the validity and possible relating them to
other work. The discussion ends with a general discussion the simila-
rities of a hydrostatic bearing using only geometrical surface textures
and a hydrostatic bearing using only MR textures.

The viscous model presented in Fig. 3seems to overestimate the
viscous behaviour of the fluid at lower shear rates (y < 100). This in-
troduces some error when the flow rates are small resulting in model-
ling a more viscous fluid than actually is the case. The spread in the
viscous behaviour presented in Fig. 4 shows to be very large at high
magnetic flux densities. This has no significant effects on the results of
the numerical model since the maximum field strength present in the
fluid stays well under the 0,27 as can be seen from Fig. 9. Fig. 9
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furthermore shows that there is no proportional relation between the
yield stress of the fluid and the flux density present. Most of the yield
stress is present at the sides of the bearing.

The properties measured with the cone-plate rheometer only mea-
sures the fluid properties in the direction tangent to the shear rate and
tangent to the speed of the flow. Research showed that the rheological
properties are lower in the other two orthogonal direction [49-55].
Applying a magnetic field to an MR fluid causes pillars of magnetic
particles to form in the fluid aligning with the magnetic field [56,57].
The work of [51,52] demonstrates that the yield stress can differ as
much as a factor 5 in different directions due to this effect. Fig. 10
shows that most of the field is perpendicular to the bearings surfaces
but some part of the field (that is near the peak of the field) is parallel to
the bearing surfaces. This results in the situation that the resulting yield
strength and viscosity near that peak are in reality lower than assumed
in the numerical and analytical model. Since the magnetic field in this
research is relatively uniform, the effect of the anisotropic behaviour is
relatively small. The effect can be large in other systems that do not
have a uniform magnetic field; there the anisotropy should be included
into the calculations to have accurate representation of the system.

The data presented in Fig. 11 shows a slight offset of 10% between
the measured load capacity and the modelled load capacity. This in-
accuracy is probably due to some inaccuracies in the experimental
setup. Some possible inaccuracies are for example the value of the
linear restrictor, the flatness and parallelism of the bearing faces and
the hysteresis of the pressure control valve. The magnitude of this error
demonstrates that the setup in itself is working properly.

The data presented in Figs. 13 and 14 show a good accordance at
higher fly heights. Both the analytical model and the numerical model
are well within the inaccuracy of the measurements. The difference
between the numerical model and analytical model is larger for a
current of I, = 2A than for a current off; = 1A. Fig. 16 presents a reason
for this difference by presenting the pressure distribution of the radius
of the bearing for the film height of i = 0.2mm. The graph shows that
pressure distributions calculated numerically and analytically show
more difference in the situation of I, = 2A than in the situation
of I = 1A. This leads to a larger difference in load in the situation of
L = 2A than in the situation of I = 1A.

The pressure distributions presented in Figs. 15 and 16 show a clear
decline in pressure at the locations where the field intensity is high. Still
a small decline in pressure is visible where the field strength is small
which means that the viscosity in the absence of a magnetic field still
causes a significant resistance. These losses are not taken into account
in the analytical model, which is the main reason of the differences
between the analytical and numerical model. The losses in the absence
of a magnetic field can be included in the analytical model but then the
big advantage of a simple insightful model is lost.

Offsets between the analytical models, the numerical models and
the experimental measurements are large at lower fluid film heights.
This indicates that some inaccuracies are present in the pressure dis-
tribution over the radius of the bearing. An error in the resistance of the
bearing itself is not likely since the resistance does not significantly
influence the load capacity at low fly heights. Fig. 15 shows that the
pressure distribution assumed in the analytical model is a less good fit
to the numerical calculated pressure distribution when compared to the
data presented in Fig. 16. The difference between the calculations and
the measurements is probably due to the assumption of the Bingham
plastic material model. Fig. 3shows that the difference of the assumed
fluid model and the measured fluid model is larger for relatively low
shear rates compared to the measured values. The shear rates become
lower for lower fluid film heights since both the fluid speed and film
height decreases. This causes an error in the yield stress in that situa-
tion. This error is larger at the sides of the bearing than in the centre of
the bearing since the plug is larger at the sides due to the lower speed
there. This results in the situation that the effect of an overestimated
yield stress is especially significant at the sides of the bearing. This
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means that the pressure should decline faster in radial direction than is
currently assumed. A faster declining pressure eventually results in a
lower load capacity. This situation might be resolved by using the
Herschel-Bulkley model.

Fig. 12 shows the recess pressure calculated with the analytical
model for a wider range of fluid film height and the same pressure
source. These lines show the effect of applying a magnetic field to the
system at a larger scale.

The analytical model is a good addition in the analyses of hydro-
static bearings lubricated with MR fluids. The model might be less ac-
curate compared to the numerical model, but it way less computational
demanding. The total computation time of the numerical model is 5.5 h
while the total computation time of all other calculations for this re-
search only took a few seconds. This makes is possible to check quickly
the effect of certain parameters and the simplicity of the model facil-
itates the development of some insight into the effects of certain
parameters.

In general, the research stated that a hydrostatic bearing with MR
structure mimics the behaviour of a hydrostatic bearing with geome-
trical surface textures. The experimental setup present in this research
has only two flat bearing surfaces, a resistance at the outer sides of the
bearing surfaces is created by using a MR fluid and applying a magnetic
field at the outer locations of the bearing. Figs. 16 and 15 show pressure
distributions that are similar to the one found in conventional hydro-
static bearings with geometrical surface textures. The behaviour is si-
milar but not the same since the resistance of a MR structure scales
different with the fluid film height and applied pressure compared to a
geometrical surface texture as can be seen from Fig. 12.

The magnetic field effects the flow in a similar way as does the
geometry of the bearing. This means that for a computation, the shape
of the magnetic field should be treated the same as the shape of the
geometry of the bearing. This means that both the geometry and the
shape of the magnetic field function as inputs of the flow modelling in
the bearing.

Interesting to note is that the theory presented in this research is
also applicable to hydrostatic bearings lubricated with a Bingham
plastic lubricant. A hydrostatic bearing configuration using a geome-
trical texture as a resistance at the sides of the bearing faces shall show
a similar bearing stiffness as the one presented here.

5. Conclusions

This research presents the load characteristic of a hydrostatic
bearing using MR structures by means of an experimental setup, a nu-
merical model and an analytical model. The research demonstrates that
a local magnet together with a magnetorheological fluid generates si-
milar effects as a local decrease in fluid film height. Similar but not
identical since the resistance scales different compared to a change in
fluid film height and applied pressure.

The three different models give characteristics that are in the same
order of magnitude which means that they are useful in the design of a
hydrostatic bearing lubricated with magnetorheological fluids. The
analytical model is the coarsest but has as advantage that it is very
quick to calculate. The numerical model is more precise but suffer from
the fact that the computation is very demanding. The main reason for
the inaccuracy of the analytical model are the coarse assumptions. The
inaccuracy of the computation model is the result of an inaccurate
material model. Furthermore, interesting to note is that the theory is
also applicable for any other lubricant that behaves as a Bingham
plastic.

Acknowledgement

The Dutch TKI maritime funding program has supported this re-
search.

Appendix A1l



Appendix A1l

S.G.E. Lampaert and R.A.J. van Ostayen

Appendix A. Supplementary data

Supplementary data to this article can be found online at https://
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Hydrodynamic bearings have superior wear behaviour but still in general the lifetime of this
concept is not infinite. Wear of this bearing concept is generally caused by poor lubrication
during high loading conditions or low speeds. This wear gets especially troublesome when
surface textures are used to improve lubrication that can get worn away completely. The
concept discussed in this work is that of creating the behaviour of surfaces textures with
the use of a magnetorheological (MR) fluid. The fluid together with a local magnetic field
can locally create solid like behaviour of the lubricant resulting in a so-called virtual surface
texture that is not sensitive to wear.

This work presents several numerical simulations using different 2D fluid models
incorporating an MR fluid. A configuration of a Rayleigh step using MR fluid shows an
antisymmetric pressure distribution. This indicates pressurization of the fluid which can
result in a load carrying capacity. This demonstrates that it is possible to create virtual
surface textures using solely an MR fluid and a local magnetic field.

Text of the abstract in French (abstract) Texte du résumé (abstract) Texte du résumé
(abstract) Texte du résumé (abstract)

1 Introduction

A hydrodynamic bearing is a type of fluid bearing in which the load is supported by a thin layer of rapidly
moving pressurized liquid between the bearing surfaces [1]. Hydrodynamic bearings use the squeeze
film principle or surface textures to pressurize the fluid (a changing fluid film height). At lower speeds
hydrodynamic bearings have high wear and short life. This high wear especially occurs during starts
and stops where the speed is not sufficient to maintain the thin fluid film.

Surface textures can be used to pressurize the fluid in hydrodynamic bearings. In [2] the friction
characteristic of a journal bearing with dimpled bushings is investigated. These dimples contribute to
the load carrying capacity and improve the frictional performance of journal bearings. In [3]-[5] textured
thrust bearings are demonstrated. It is shown that the presence of the textures can provide better
lubrication efficiency through both a reduction of friction and an increase in load carrying capacity. Also
there are hydrodynamic bearings that utilize grooves textured in the bearing faces in order to obtain a
load carrying capacity [6, 7]. Nevertheless, at lower speeds, starts, and stops these surface textures do
wear down and the contribution to the bearing performance is lost. Therefore a surface texture is desired
that is not sensitive to wear.

In the work of [8] a bearing is proposed where the resistance is increased locally by using an MR fluid
and a local magnetic field. Here the resistance is modified locally in the lubricating film, however at a
certain location in the lubricating film, the magnetic field is uniform across the full film gap. This concept
cannot be used for textured hydrodynamic bearings, because for this a varying resistance over the
bearing gap is required.

The magnetic properties of a magnetic fluid are obtained when particles that have magnetic properties
are suspended in a carrier fluid. The magnetic particle material often used for an MR fluid is carbonyl
iron since this has a saturation magnetization equal to 2.1 tesla, the highest value of known elements

-1-
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[9]. MR fluids can appear as a liquid but can also act solid, depending on the strength of the magnetic
field applied to it. This solid phase is due to the attractive dipolar forces between the particles that have
been magnetized by the applied magnetic field. The strength of the solid phase is caused by the
formation of certain structures by the particles, such as chain-like agglomerates (Fig. 1) [10]. The
particles of MR fluids are normally around the size of micrometers [11]. The aggregation process for an
MR fluid is more intense in presents of a field. That is why their flow behaviour can be controlled [12].

CIEE (v

Fig 1 — Formation of chain-like agglomerates in an MR fluid when subjected to a magnetic field.

In [14] a new concept of hydrostatic bearings is presented that is lubricated with an MR fluid. A constant
gap size for alternating payloads is achieved due to the fact that when an MR fluid is exposed to an
external magnetic field the rheological properties change. In [15] a test bench has been developed to
demonstrate that magnetic fluids can be used to develop active journal bearings. In [16] experiments
are done with a constructed MR fluid film bearing. The dynamic properties of this bearing are evaluated
both in its active and its inactive state. What the former concepts all have in common is that the magnetic
field is constant and applied globally and not locally.

Numerical simulations can be used to predict the performance of MR fluid based applications. Literature
reports several works in which a numerical simulation is used for modelling an MR fluid. In [17] and [18]
only the magnetic field is considered for an MR fluid brake and clutch. In [19] and [20] the flow of the
MR fluid is also considered but only at microscopic level. In [21] a higher level model coupled with
magnetic simulation is presented which successfully describes MR fluids behaviour in flow mode.
Considering textured hydrodynamic bearings, using an MR fluid in this application can be beneficial
regarding wear and controllability of these surface textures. For textured hydrodynamic fluid bearings
using an MR fluid a model regarding shear mode is required. In this sense it is desired to create a model
which can describe MR fluids at a higher level and in shear mode.

For a textured hydrodynamic bearing one surface is moving tangentially relative to the other which
results in a shear flow (Fig. 2). In the situation that the fluid has a constant yield stress across the full
height of the channel, either no flow or a complete Newtonian flow happens. However, in order to create
a solid part at the bottom of the channel, the yield stress at the bottom has to be higher than at the top
of the channel. This varying yield stress cannot be obtained with a constant magnetic field. Now, a
gradient in magnetic field is required, which results in a decreasing yield stress over the channel height.

u #
7(x.y) u(x,y)
¥
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Fig 2 - Shear mode for a Newtonian fluid (top) and an MR fluid (bottom) between two parallel surfaces
where one surface is moving relative to the other surface.

A solid part at the bottom for the full length of the channel does not show a change in pressure
distribution over the length of the channel. To obtain a pressure distribution, only locally the channel
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must behave as a solid while the other part of the channel behaves as a fluid (Fig. 3). This creates a
difference in fluid transport along the length of the channel resulting in a changing pressure over the
length of the bearing. In a bearing this pressurization of the fluid results in a load carrying capacity [13].

U =—p

U

Solid

Pressure

Fig 3 - The step geometry (top graph) leads to a saw tooth pressure profile (lower graph). The
combination of a magnetic field and MRF (middle graph) also produces a similar geometry and therefore
pressure.

This paper demonstrates that these surface textures can be created with an MR fluid with a local
magnetic field. This is done with several numerical simulations using different 2D fluid models. At the
end using a local magnetic field a configuration of a step geometry using MR fluid is created. Over this
step an antisymmetric pressure distribution is obtained that indicates pressurization of the MR fluid. This
step consists of the magnetic particles in the MR fluid and these do not wear down and do not leave the
system.

2  Method

In order to create virtual surface textures with an MR fluid, a non-Newtonian fluid model which is able to
describe the behaviour of an MR fluid has to be validated. Therefore first a fluid model regarding the
flow mode is made. This is followed by a model which can describe an MR fluid in shear mode. Finally
a self-created magnetic field is applied locally in order to obtain a virtual surface texture which is able to
pressurize the fluid.

2.1 Fluid model

A model that is used to describe these non-Newtonian fluids is the Bingham model (Eq. 1 and 2) [22].

T=1,+77, 7| > 1, (1)
7=0, BESS (2)

Here 1 is the shear stress, 1y is the yield stress, n is the viscosity, and y is the shear rate. Compared to
the Newtonian model, it is seen that the shear stress now dependents on the yield stress of the fluid.
For an MR fluid this yield stress is caused by a magnetic field, and with a change in magnetic field this
yield stress changes (Fig. 4). This yield stress causes the solid phase of the MR fluid. The moment this
yield stress is exceeded, the MR fluid starts to flow just like a Newtonian fluid.
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Newtonian
Bingham plastic
~~~~~~~~~~~~~~~~~~~ Bingham-Papanastasiou

Shear stress

Shear rate

-

Fig 4 - Different models where the shear stress versus the shear rate is shown. Here H2 > H1 and m is the
regularization parameter.

To simulate this behaviour a numerical simulation is made in COMSOL Multiphysics [23] where the
Bingham-Papanastasiou model is implemented [24]. The Bingham-Papanastasiou model proposes an
exponential regularization for the Bingham model (Eq. 3).

T=1,(1—e ™) +npy (3)
n==2(1-emM)+n )

Here no represents the viscosity when no magnetic field is applied, and m is the regularization
parameter. The value of m controls the exponential growth of the shear stress. The higher the value,
the faster the shear stress growths (Fig. 4). When there is no magnetic field present, the yield stress in
the fluid is equal to 0 and then the apparent viscosity (Eq. 4) is equal to the viscosity when no magnetic
field is applied, n = no.

2.2 Flow mode with a constant yield stress

To validate the model used, first a pure pressure driven flow (Poiseuille flow) is modelled using an MR
fluid for different yield stresses. For this the parameters in [21] are considered. The dimensions used for
this model are normalized (Table 1). Here the height of the channel is taken equal to 1, and the ratios
between parameters used in [21] are used for further parameterization. The simulation for the flow mode
evaluates the MR fluid for different yield stresses, which correspond to a certain constant magnetic field.

Parameters
Channel (I x h) [Lnorm X h] 10 % 1
Regularization parameter [Mnorm X h] 1250
Viscosity [Nnorm] 0.28
Pressure drop [Apnorm X (1/h)] 60
Yield stress [1y x (1/h)] 0,1,2,13/5,3

Tab 1 - Normalized parameters from [21] used for simulating the MR fluid in flow mode.

2.3 Shear mode with a varying magnetic field

Pure shear flow for both a Newtonian fluid and MR fluid are seen in figure 2, this mode is also referred
to as Couette flow. In order to create a solid part at the bottom of the channel, a varying yield stress is
used. In the model a linear decrease in yield stress over the channel height is applied. For the model
normalized parameters are used (Table 2). To simulate the shear mode the MR fluid is evaluated for
different velocities of the moving surface.

Parameters
Channel (I x h) [Lhorm % h] 10 x1
Regularization parameter [Mnorm * h] 104
Viscosity [Nnorm] 1
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Yield stress bottom [1y % (1/h)] 1
Yield stress top [1y x (1/h)] 0
Surface velocity [Unorm] 1/100, 3/20, 3/10, 3/4, 2

Tab 2 - Normalized parameters used for simulating an MR fluid in shear mode.

2.4  Step bearing configuration

Local solidification in the MR fluid is created with a local magnetic field. To realize this, an array of
magnets and metal blocks is used. Using different parameters (Table 3) an environment is simulated
representing a bearing consisting of 4 layers (Fig. 5). The MR fluid used is MRF140CG provided by Lord
Corporation [25].

Parameters

Channel (I x h) [Lrorm % h] 15 x 1
Ferromagnetic layer (I x h) [Lhorm X h] 15 %1

Magnets (I x h) [Lnorm X h] 5/6 x 5/6
Ferromagnetic blocks (I x h) [Lnorm % h] 1/2 x 5/6
Regularization parameter [mnorm X h] 104

Viscosity [Nnorm] 1
Surface velocity [Unorm] 1/100, 3/20, 3/10, 3/4, 2

Tab 3 - Normalized parameters used for simulating the MR fluid MRF140CG

= Ferromagnetic B MRF140CG
B Magnet 1 Non-magnetic

Fig 5 - An environment representing a bearing consisting of 4 layers: 2 layers of metal, a layer containing
square magnets and metal blocks, and a layer of MR fluid. Here the top metal surface represents the
moving shaft and the bottom two layers the fixed bearing surface.

The magnetic field that is created is related to the flow of the MR fluid. This means a relation has to be
found between the magnetic field strength and the yield stress of the MR fluid which can be implemented
into COMSOL. In [26]-[31] different models and approaches are presented to obtain the yield stress
depending on the magnetic field. For the purpose of this model the relation between yield stress and
magnetic field strength for MRF140CG is used. Implementing this and coupling the fluid and magnetic
analysis, the behavior of the MR fluid is obtained. To simulate the shear mode the MR fluid is evaluated
for different velocities of the moving surface.

Using this magnetic field, local solid zones are formed, located where the shear stress is lower than the
local yield stress. These local solid zones act as a virtual surface texture, and influence the flow of the
fluid and thus increase the pressure. To see if obtaining a load capacity from this is an possibility with
an MR fluid, an antisymmetric pressure distribution over the surface textures has to be obtained (Fig.
3). The surface textures created have a step geometry. This step geometry is represented by the solid
part in the MR fluid and can be created by a locally applied magnetic field.
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3 Results and discussion

3.1 Flow mode with a constant magnetic field

The results for the velocity profiles for pressure driven flow (Poiseuille flow) are seen in figure 6. A
parabolic velocity is observed for no yield stress applied, and is becoming flatter for increasing yield
stress. No yield stress corresponds to the behaviour of a Newtonian fluid. The situations where a yield
stress is applied correspond to the behaviour of an MR fluid subjected to a certain magnetic field. This
also applies to results for the apparent viscosity, shear stress, and shear rate seen in figure 7, 8, and 9
respectively.

Velocity profiles
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Fig 6 - The velocity profiles for a Poiseuille flow of the MR fluid for different yield stresses.
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Fig 7 - The apparent viscosity for a Poiseuille flow of the MR fluid for different yield stresses.
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Fig 8 - The absolute normalized shear stress for a Poiseuille flow in the MR fluid for different yield
stresses.
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Shear rate over the normalized channel height
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Fig 9 - The normalized shear rate for a Poiseuille flow in the MR fluid for different yield stresses.

The results are as expected and correspond to the results in [21]. For no yield stress, the apparent
viscosity stays constant and the shear rate goes linearly to zero in the middle all according to the
Newtonian model. For the MR fluid where a yield stress is applied different behaviour is observed. In
the regions, the yield stress exceeds the shear stress, the velocity is constant, the apparent viscosity
increases, and the shear rate is equal to zero. In these regions, the MR fluid can be seen as one solid
moving through the channel. No change is seen in the shear stress, which is expected, only some
irregularities are seen at some points. These irregularities happen at the point where the shear stress is
equal to the yield stress applied in the different situations. This position is the boundary between fluid
and solid.

3.2 Shear mode with a varying magnetic field

For shear mode the MR fluid is subjected to a varying yield stress in order to obtain the solid phase. In
figure 10 the results for the velocity profiles are seen for different velocities of the moving wall using a
linear decrease in yield stress over the channel height. The results for the apparent viscosity, shear
stress, and shear rate are seen in figure 11, 12 and 13 respectively.
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Fig 10 - The velocity profiles of the MR fluid for different velocities of the moving wall.

Apparent viscosity over the normalized channel height

1 T T T T
£ 09 ——0.01m/s ||
@ 0.8 —0.15m/s | 7|
E 0.7x —03m/s | ]
= 0.6p 0.75 m/s |
< 0.5H — 2 m/s T
.\‘ﬁ_‘? =
'qz 0.4 .
= 0.3 -
g 0.2 1
= 0.1h |
0 1
0 2000 8000

Appendix A12



Appendix A12

18" EDF/Pprime Workshop: EDF Lab Paris-Saclay, October 10 & 11, 2019
“Challenges in Sliding Bearing Technologies for Clean and Low Carbon Energy Applications”

Fig 11 - The apparent viscosity of the MR fluid for different velocities of the moving wall.
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Fig 12 - The normalized shear stress in the MR fluid for velocities of the moving wall. Also the yield stress
in the fluid is plotted here, this one is the same for every velocity
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Fig 13 - The normalized shear rate in the MR fluid for different velocities of the moving wall.

The applied yield stress has a large impact on the velocity of the fluid, the apparent viscosity and the
shear rate. At the region, the yield stress exceeds the shear stress the velocity of the MR fluid is zero,
the apparent viscosity is high, and the shear rate is approaching zero. This indicates that in this region,
the MR fluid appears solid and a virtual surface texture is created over the whole length of the channel.
At a higher velocity, the impact of the yield stress is less and the size of the virtual surface textures
decrease. This is because for higher velocities the shear stress in the fluid is greater. The regions where
the yield stress is dominant over the shear stress are becoming smaller and more fluid starts to flow. At
one moment, the shear stress exceeds the yield stress completely in the MR fluid and no solid phase is
present. Still the effect of the yield stress is seen in the velocity profile. At the bottom of the channel, the
liquid is still more viscous than at the top where it approaches the viscosity of the MR fluid where a lower
yield stress is applied. This more viscous liquid results in larger resistance to flow and therefore no linear
velocity profile is obtained.

3.3  Step bearing configuration

The result for the magnetic field strength of the created array is seen in figure 14. For this array a quite
evenly spread magnetic field strength is obtained. Using the metal blocks in between the magnets, the
magnetic field is deflected and a high magnetic field is obtained at the bottom of the channel. Due to
this local magnetic field a local solid part, a virtual surface texture, is created in the middle of the length
of the channel (Fig. 15). In figure 16 to 19 the results for the velocity profile, apparent viscosity, shear
stress, and shear rate respectively are seen. Everything is obtained at the middle of the length of the
channel.
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Fig 15 - Solid part created in the middle of the length of the channel at a velocity for the moving wall of
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Apparent viscosity over the normalized channel height
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Fig 17 - The apparent viscosity in the MR fluid with a solid part in the middle of the length of the channel
for different velocities of the moving wall.
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Fig 18 - The normalized shear stress in the MR fluid with a solid part in the middle of the length of the
channel for different velocities of the moving wall.
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Fig 19 - The normalized shear rate in the MR fluid with a solid part in the middle of the length of the
channel for different velocities of the moving wall.

The relation between the different results for a solid part in the middle of the length of the channel (figure
16 to 19) is the same as for the results discussed for where the solid part is present over the length of
the whole channel (figure 10 to 13). Although these relations are still there, compared to the earlier
results, the velocity starts to increase less at the top of the channel, the shear stress is not constant
anymore, and the shear rate does not increase linearly because of the not linear yield stress. Here the
physics of a pressure driven flow and shear flow are now combined. Due to the step, the fluid is
pressurized which causes a shear stress due to a pressure driven flow which is added to the constant
shear stress due to shear flow. This should result in a linear decrease in shear stress over the channel
height. This trend is seen in with some irregularities (Fig. 18). At the edges of the created array the
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magnetic field strength is higher (Fig. 14). Here the resistance to flow is higher than at middle of the
length of the solid part. This is what causes the irregularities observed. This is also affecting the shape
of velocity profile and the shear rate.

The result for the pressure distribution over this virtual surface texture is seen in figure 20. The pressure
distribution obtained indicates that there is the possibility to create a load carrying capacity. Even when
the shear stress in the MR fluid exceeds the yield stress (Fig. 18), and no solid part is present, a pressure
distribution is observed (Fig. 20). This is because the magnetic field still influences the viscosity of the
MR fluid. Instead of a solid part at the bottom in the middle of the length of the channel, a more viscous
fluid than in rest of the channel is observed. This means that at the bottom the fluid flows with more
resistance than at the top which causes the observed pressure distribution. So even for this situation it
is possible to obtain a load carrying capacity.

Pressure distribution over the normalized length of the channel
T T T T

1.2¢ -
1F — 0.01 m/s |

S osf —— 0.15 m/s | -
§ 0.6F —03m/s |
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N
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O
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S .04

-0.6

-0.85 i

5 10
Normalized channel length

Fig 20 - The normalized pressure distribution in the MR fluid with a solid part in the middle of the length
of the channel for different velocities of the moving wall.

4 Conclusion

A magnetic field that is constant across the film height cannot be used to create a solid part in shear
mode. Therefore a magnetic field that varies across the film height needs to be applied. For a fluid that
is depending on a magnetic field a solid part is created at the bottom over the whole length of the
channel, where the yield stress is the highest. As a result to an increase in velocity, this solid part
decreases in size.

A virtual surface texture is obtained by applying a magnetic field that varies across the film height locally
at the middle of the length of the channel. Due to this surface texture a pressure distribution is obtained
which indicates that creating a load carrying capacity is possible using an MR fluid. It is interesting to
note that for where the shear stress exceeds the yield stress and no solid part is observed, still a
pressure distribution is obtained. This indicates that also a load carrying capacity can be obtained if no
solid part is present. This is due to the more viscous MR fluid at the location of the previous solid part
resulting in more resistance to flow.
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This paper discusses a new type of hybrid journal bearing in which a magnetorheological fluid is used in
combination with local magnetic fields, such that the hydrodynamic and hydrostatic working regimes are not
compromised. This demonstrates the potential of using the concept of rheological texture in bearings. The
performance of this new type of bearing is assessed via Finite Element Modelling (FEM) in which the behaviour
of the fluid film is described by the ideal Bingham plastic fluid model. Both the yield stress and the viscosity
increase as a function of the magnetic field.

1. Introduction

Bearing systems have been under a huge development for the last
half century at least [1,2]. The presentation of the so-called “Jost Re-
port” in 1966 gave recognition to the huge impact that bearings hold in
our society [3]. For example, Holmberg & Erdemir estimated that about
23% (119EJ) of the world’s total energy is lost in tribological contacts
[4].

Although decades of research and development have passed after
the “Jost Report”, little conceptual development in bearing design has
occurred.

Some effort has been made in the field of tribotronics to seek for
new bearing concepts, where the potential is investigated of adding
control systems to the bearing [5,6]. Likewise, new bearing concepts
based on magnetism that use either ferrofluids [7-10] or magne-
torheological fluids [11-20] have been explored. In a similar fashion,
electrorheological fluids are investigated for a possible use in bearing
systems [21-24]. The current work focuses on the use of magne-
torheological fluid in journal bearings.

Hydrodynamic journal bearings are used pervasively in all types of
machine design due to their cost-effective, superior friction and wear
properties [25]. The bearing system consists of a cylindrical shaft inside
a cylindrical bush, where the gap between the two is filled with lu-
bricant. This geometry allows the shaft and housing to be able to freely
rotate with respect to each other (Fig. 1a). The rotation, together with
the converging wedge caused by eccentricity, creates a high-pressure
region counteracting the eccentric position. The shaft is floating into
this lubricating layer that guarantees a low wear and friction. The main
drawback of this bearing configuration is that at low speeds the load
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carrying capacity of the lubricating film might be incapable to sustain
the load, thus leading the two surfaces into physical contact. This
causes excessive friction and wear that may lead to system failure
eventually.

One efficient way to overcome this drawback is to use a hydrostatic
journal bearing instead (Fig. 1b). This concept uses a high-pressure
lubricant supply which is supplied into large surface area recesses to
make sure that the shaft floats in the lubricating film during high loads
for both low and high speeds. However, the drawback of this design is
that the high-pressure hydraulic supply is sensitive to failure, which
fact moves the problem to another component in the system. The failure
of the pump causes excessive wear in the bearing as it operates very
poorly in the hydrodynamic regime due to the surface texture.

The ideal bearing combines the low friction and wear at high speeds
with the high load capacity at low speeds. The type of bearing that
meets these requirements is the hybrid journal bearing (Fig. 1c). In
detail, this concept combines the smooth bearing surface of a hydro-
dynamic bearing with the high pressure supply of a hydrostatic bearing.
In this way, it achieves sufficiently low wear and sufficiently high load
capacity for the complete range of speeds and loading conditions. When
the pump fails, the hybrid journal bearing reverts to a hydrodynamic
journal bearing. The drawback of this concept is that the hydrostatic
load capacity is limited due to the absence of surface recesses.

The three concepts in Fig. 1a, b and ¢ share the fact that a mod-
ification in the geometry of the bearing surface causes changes in the
bearing performance. Specifically, a physical change in the surface
texture leads to a change in the film height, which in turn modifies
locally the lubricant flow resistance. Controlling this local resistance is
key to improve the performance of the bearing [26,27].
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Fig. 1. a: Hydrodynamic journal bearing, b: hydrostatic journal bearing, c:
hybrid journal bearing, d: hybrid journal bearing with rheological texture.

A possible approach to manipulate the flow resistance, other than
changing the geometry, is to locally vary the rheological properties of
the lubricant. This fluid manipulation is addressed as rheological tex-
ture and it can be carried out by using a magnetorheological fluid
whose rheological properties change in response to a local variation of
the magnetic field [28,29]. Based on the rheological texture, multiple
new bearing configurations can be conceived that all have unique
performance [30].

This paper demonstrates the potential of using the concept of
rheological texture in journal bearings. The work discusses a new type
of hybrid journal bearing in which a magnetorheological fluid is used in
combination with local magnetic fields so as the hydrodynamic and
hydrostatic working regimes are not compromised (Fig. 1d). In addi-
tion, the work discusses a herringbone bone bearing that uses the
rheological texture in a v-shaped pattern. The performance is assessed
in a FEM platform (COMSOL Multiphysics® 5.4) in which the ideal
Bingham plastic fluid model is used to predict the behaviour of the fluid
film. Both the yield stress and the viscosity increase as a function of the
magnetic field.

2, Method

This study makes use of different journal bearing configurations as
showcases to present the effect of including rheological textures in a
bearing device. This work considers hydrostatic journal bearings with
rheological texture, hybrid journal bearings with rheological texture
and hydrodynamic journal bearings with the rheological texture in a
herringbone-like v shape. Figs. 1-3 show both conventional hydro-
dynamic as well as hydrostatic journal bearing configurations con-
sidered in this investigation. In addition, a hydrodynamic bearing with
a herringbone rheological textures is shown in Fig. 4.

For a fair comparison, the different configurations are tested against
a conventional journal bearing. The lubricant in the bearing is modelled
as a Bingham plastic and its flow is modelled using the Reynolds
equations resulting from the standard thin film fluid flow assumptions.
Tables 1 and 2 specifie the different parameters used by the different
bearing configurations.

The fluid film height h for all bearing configurations is described in
relation (Eq. (1)). The eccentricity value e is the relative amount that
the shaft is eccentric with respect to the housing. Its value is zero when
the shaft is exactly in the middle and one when the shaft is touching the
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Fig. 2. Unfolded hybrid journal bearing (Fig. 1d) with rheological texture and
three pads.
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Fig. 3. Unfolded hybrid journal bearing (Fig. 1d) with rheological texture and
five pads.
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Fig. 4. Unfolded version of the hydrodynamic journal bearing with rheological
textures in the shape of a herringbone.

Table 1

General model parameters used.
Variable Symbol Value
Bearing diameter d 0.2[m]
Viscosity g 0.05[Pas]
Clearance c d/500
Eccentricity e 0.7
Speed v 100[rpm]

Table 2

Model parameters for the bearing configurations presented in Figs. 2 and 3.
Inlet diameter d; LA/n
Land width factor A 0.8
Land length L L1 -4)
Recess length Ly L1 = 2A)
Land width wi 7d/n(1 — A)
Recess width Wi 7d/n(1 — 2A)

i 1

Restrictor value R 10%m*/NDs

Location of minimum film height —7/12
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Table 3
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Model parameters for the bearing configurations presented in Figs. 2 and 3.

Non-Activated

Activated

Hydrodynamic
Hybrid

ps = OPar), = 1,70 = 0(Fig. 5a)
py = 10%Pan, = 1,79 = O(Fig. 5b)

ps = OPaz, = 207,79 = 500Pa(Fig. 5¢)
Py = 10%Pan, = 201,79 = 500Pa(Fig. 5d)

housing. The variable 8 presents the angular coordinate in the bearing
and the variable ¢ presents the angular offset where the film height has
its minimum.

h=c( —ecos(6 + ¢)) (€D)]

The numerical model solves for the pressure in the lubricating film
that leads to a load capacity F- by taking the vector sum of the load
capacity in x-direction F; and y-direction F, in relations (Egs. (2)-(4)).
The resulting load capacity is one of the output variables of the com-
putation.

E:fj;psin(e)dA @)

= ffpnsou .

k= |F+F “

The friction force of the bearing is expressed by relation (Eq. (5)).
The parameter 7, is the amount of stress that is locally present to
achieve the desired relative motion of the two surfaces. The friction
coefficient f in (Eq. (6)) is calculated as the ratio between the load
capacity F in (Eq. (4)) and the friction force of the bearing F; in (Eq.
(5)). To include the effects of cavitation, all negatives pressures are
assumed to be zero.

h dp
Fr= ff; — = 3564 ®)
E
=L
5 ®)

2.1. Rheological model

The Bingham plastic fluid model presented in (Eq. (7)) accom-
modates for a proper representation of the rheological behaviour of the
magnetorheological fluid by presenting the stress in the materialz as a
function of the shear rate y. The use of a magnetic field affects both the
yield stress 7, (H) as well as the viscosity of the fluidy(H). The values
are based on typical values from literature [29].

171 = 7 (H) + n(H)I7 %)

2.2. Thin film model

The flow in-between the two bearing surfaces is described by a
mathematical model developed by the authors and published in [31].
The model derives a modified Reynolds equation that uses the exact
Bingham plastic material model to simulate the thin film flow. The
novelty is that in this way, there is no need for either a regularization
technique [32] or an approximated thin film theory [33-35]. Since the
method is not an approximation, the solution is more accurate and the
simulation “running time” is considerably shortened due to the reduced
degrees of freedom of the simulation.

2.3. Hybrid bearing

Figs. 2 and 3 illustrate an unfolded version of different bearing
configurations to demonstrate the behaviour of a hybrid bearing with

rheological texture. The figures show three and five squares respec-
tively over which the fluid can be activated to create a rheological
texture. Note that the viscosity is increased and the limiting yield stress
is active at these locations.

In practice, this effect can be associated to the application of a
magnetic field that locally increases the effective viscosity of the
magnetorheological fluid.

The fluid behaves as a Newtonian fluid everywhere else, that is, the
yield stress of the fluid is zero since there is no magnetic field. The
circles located in the middle of the bearing (Figs. 1 and 3) serve as high-
pressure lubricant supply to make a hydrostatic bearing. An orifice
restrictor controls the amount of lubricant supplied to the bearing. The
relation presented in (Eq. (8)) represents the behaviour of the restrictor
in this study. The variable R presents the restrictor value and the
parameter p, presents the recess pressure.

Q=RJp, —p, (€))

The behaviour of a conventional hydrodynamic bearing is obtained
when both rheological texture and supply pressure are switched off.

A conventional hybrid bearing is attained by only applying the
feeding pressure without local activation of the fluid. The condition in
which the fluid is locally activated and the supply pressure is not ap-
plied generates a hydrodynamic bearing with rheological texture. On
the other hand, by locally activating the fluid and applying the supply
pressure generates a hybrid bearing configuration with rheological
texture.

Tables 1 to 3 list the values of the different parameters used to
generate the results presented in this paper. These are typical values of
bearings in this size category. The fluid properties are typical for
magnetorheological fluids available on the market (silicon oil with
~70w% iron particles).

2.4. Herringbone

Fig. 4 presents the unfolded geometry of the herringbone journal
bearing configuration which is presented here to demonstrate the effect
of applying rheological texture for hydrodynamic lubrication ex-
clusively. The figure shows seven v-shaped areas where the lubricant
can be activated to create a rheological texture. Table 4 shows the
parameters specific to this simulation, while Table 1 presents all other
relevant parameters.

3. Results & discussion
3.1. Hybrid bearing

Fig. 5a to d illustrate the pressure distributions for the four different

Table 4

Model parameters for the herringbone bearing presented in Fig. 4.
Variable Symbol Value
Land width factor A 0.9
Bearing length L d
Location of minimum film height ¢ 0
Texture width Wi LA
Texture pitch Wp nd/7
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Fig. 5. a. Pressure distribution of a. conventional hydrodynamic bearing with
non-activated regions b. conventional hybrid bearing with non-activated re-
gions c. hydrodynamic bearing with activated regions d. hybrid bearing with
Rheological textures.

configurations considered in this work. Note that these pressure dis-
tributions are presented on the unfolded geometries of the journal
bearing configurations presented in Fig. 1. Table 3 presents the corre-
sponding parameter values for these four different situations. Note that
the results use a zero pressure reference, which means that in practice
cavitation will occur when the pressure is negative. Since the focus of
this work is on the resulting pressure distribution due to rheological
textures, only a basic cavitation model is included that assumes all
negative pressures to be equal to zero.

Fig. 5a displays the pressure distribution of a conventional journal
bearing. There is a high-pressure region in the converging wedge and a
low-pressure region in the diverging wedge. The central pressure supply
shows a slight change in the pressure distribution due to a local change
in distance between the bearing faces.

Fig. 5b shows the pressure distribution of a conventional hybrid
journal bearing. A high-pressure region exists near the high-pressure
supply at the converging part of the bearing. A low-pressure field exists
at the diverging wedge of the bearing. Note that the pressure supply
increases the both high-pressure and low-pressure fields more than is
the case for the conventional hydrodynamic bearing. This causes less
cavitation in the converging wedge.

Fig. 5¢ shows the pressure distribution of a hydrodynamic bearing
with rheological texture. The figure shows a high-pressure field at the
converging part of the bearing and a low-pressure field at the diverging
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Fig. 6. a. Bearing load capacity and friction coefficient as a function of the
eccentricity for the 3-pad bearing. b. Bearing load capacity and friction coef-
ficient as a function of the eccentricity for the 5-pad bearing.

part of the bearing. By comparing this pressure distribution with the
one in Fig. 5a for the conventional hydrodynamic bearing, it is clear
that the rheological texture definitely affects the pressure distribution.
The figure indicates first that the magnitude of the pressure is greater
than that shown by the conventional hydrodynamic bearing, and sec-
ondly that the rheological texture causes a high pressure region within
the activated square annulus. In addition, the area with cavitation
presents now a low-pressure field located in-between the two square
annuluses.

Fig. 5d shows again a high-pressure field within the activated square
annulus at the converging wedge. The annulus creates an even higher-
pressure field due to the high-pressure supply. This behaviour is very
similar to the conventional hydrostatic bearing where a high-pressure
field is present in the recess of the bearing. The area within the square
annulus acts as a recess area and the square annulus itself acts as a pad
area of a hydrostatic bearing. Again, the area in-between the two right
square annuluses has a low-pressure field.

Fig. 6a and b show the load capacity and friction coefficient as a
function of the eccentricity for both 3-pad and 5-pad bearing respec-
tively. The dark blue line and the green line stand for the conventional
hydrodynamic journal bearing and the hybrid journal bearing respec-
tively. The conventional hybrid journal bearing has a higher load ca-
pacity and lower friction coefficient at low eccentricity ratios but this
difference becomes smaller for large eccentricity ratios. This effect is
explained by the fact that the hydrostatic effect has only a small in-
fluence at low eccentricity due to the limited supply pressure. These
results are in good accordance with other studies in literature
[25,31,32,36].

The green line and the cyan line represent the hydrodynamic
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Fig. 7. Friction coefficient as a function of the load capacity for the same data
as Fig. 6. Figure a presents the 3-pad bearing and figure b presents the 5-pad
bearing.

journal bearing and hybrid journal bearing respectively both with
rheological texture. Results show with clarity that the load capacity of
the configurations with rheological texture significantly increases
compared to the non-activated configurations at all eccentricity values.
Also interesting to note here is that the stiffness remains roughly the
same after applying the rheological texture. These results also make
evident the fact that the friction coefficient generally increases when
rheological texture is applied for a certain eccentricity ratio.

The results for the 3-pad bearing and 5-pad bearing are similar in
shape. The load capacity and friction coefficient are higher for the 3-
pad configuration than for the 5-pad configuration for a given eccen-
tricity value. This means that making the bearing shorter does not ne-
cessarily produce a positive effect for the friction coefficient in this
particular situation, although the negative effect is almost negligible.

Fig. 7a and b show the friction coefficient as a function of the load
capacity by using the same set of data in Fig. 6. The figure illustrates
whether a certain bearing configuration has a lower friction coefficient
for a certain loading condition. Once more, it is evident that the friction
coefficient generally increases when rheological texture is applied.
Hybrid bearing configurations have a higher fiction coefficient at low
loading conditions but a slightly lower friction coefficient at high
loading conditions compared to purely hydrostatic bearing configura-
tions. The 3-pad and 5-pad bearing configuration present a similar
trend.

Fig. 8a and b show the load capacity and friction coefficient as a
function of the speed for the 3-pad and 5-pad configuration respec-
tively. The green and dark blue line stand for the hydrodynamic journal
bearing configurations with and without rheological texture respec-
tively. The results demonstrate that the rheological texture causes the
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Fig. 8. Bearing load capacity and friction coefficient as a function of the speed
of a. 3-pad bearing configuration and b. the 5-pad bearing configuration.

load capacity and friction coefficient to shift towards higher values.
Note that the conventional hydrodynamic journal bearing exhibits a
constant friction coefficient with increasing speed, while the corre-
sponding hydrodynamic journal bearing with rheological texture shows
an increase in friction coefficient at lower speeds instead. This outcome
can be attributed to the behaviour of the lubricant, which is modelled as
a Bingham material at the location of the rheological textures. The yield
stress of the lubricant has a large effect at low speeds but only a small
effect at high speeds in this specific circumstance.

The light blue and red line symbolize the hybrid journal bearing
configurations with and without rheological texture respectively.
Again, these results demonstrate that the rheological texture causes the
load capacity as well as the friction coefficient to shift towards higher
values. Hybrid bearing configurations work predominantly in hydro-
static regime at low speeds and predominantly in hydrodynamic regime
at high speed, as expected.

In general, results reveal that load capacity increases significantly
by applying the rheological texture for both the hydrostatic and the
hydrodynamic regimes. This indicates that the method increases the
specific load capacity (load per area) of the bearing. However, the price
to pay for the local activation of the lubricant seems to be an increase in
friction coefficient (load capacity per friction).

The hybrid journal bearing with rheological texture shows a very
similar behaviour to that of a conventional hydrostatic bearing with
physical texture. When the high pressure lubricant supply in this type of
bearing is turned off, the presence of the physical texture causes an
insufficient build-up of hydrodynamic pressure in the lubricant film,
thus easily leading the two bearing surfaces into contact for already a
minimal load, with unwanted side effects like wear.
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-1 MPa

Fig. 9. Pressure profile of the herringbone bearing.

On the contrary, this condition would not cause severe damage in
the hybrid bearing with rheological texture since it will just continue to
operate in the hydrodynamic regime.

In the standard design of a hydrostatic bearing using geometric
texture the hydrodynamic pressure build-up is compromised. Surface
texture needed for a proper hydrostatic operation reduce the hydro-
dynamic operation. The use of rheological texture avoids this downside.

3.2. Herringbone

Fig. 9 shows the pressure distribution of the hydrodynamic bearing
configuration with a rheological texture in the shape of a herringbone.
As in Figs. 5,9 shows that the application of the rheological texture
significantly changes the pressure distribution in the journal bearing.
The texture causes the magnitude in the high-pressure field to increase
and in the low-pressure side to decrease.

Fig. 10 shows both load and friction of the herringbone bearing as a
function of the rotational speed. The dark blue line again represents the
standard untextured hydrodynamic bearing identical to the hydro-
dynamic bearing configuration in Fig. 8. The green line represents the
situation in which the rheological texture only has an increase in
viscosity while the red line represents the situation where the rheolo-
gical texture has an increase in both viscosity and yield stress. The in-
clusion of the yield stress causes higher load capacity as well as higher
friction coefficient at low speeds but not much of a difference in case of
high speeds. From this, it is assumed that the effect of the yield stress is
in general negligible at higher speeds.

The cyan coloured lines represent the load capacity and friction
coefficient of a purely hydrodynamic bearing with an increased visc-
osity compared to the situation of the standard hydrodynamic bearing.
In this case, the viscosity is equal to the average viscosity of the
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Fig. 10. Load and friction of the herringbone bearing as a function of the ro-
tational speed. Note that the dark and light blue dash-dot line coincide.
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Fig. 11. Load and friction of the herringbone bearing as a function of eccen-
tricity.

hydrodynamic bearing with no yield stress applied (green line). By
averaging the viscosity, the resulting friction force of the two concepts
is equal. This leads to a fair comparison between using rheological
texture and increasing the viscosity in a uniform way. The results in
Fig. 10 demonstrate that the rheological texture does not result in a
lower friction coefficient, meaning that it does not create more load
capacity per unit friction of the bearing. In other words, the use of
rheological texture increases the load capacity of the bearing but not as
efficiently as changing the viscosity uniformly. Note that this conclu-
sion is only valid for this specific herringbone bearing configuration.
Fig. 11 presents the load and friction of the herringbone bearing as a
function of the eccentricity. The dark blue line indicates the situation of
the conventional hydrodynamic bearing, while the red line indicates
the case of a hydrodynamic bearing with rheological texture (including
yield stress). The cyan line represents the conventional hydrodynamic
bearing configuration with a uniformly increased viscosity such that the
average viscosity is equal to the average viscosity of the bearing con-
figuration with rheological texture. The figure supports the statement
that the load capacity and friction coefficient of the configuration with
rheological texture scales in a similar way as the configuration without
rheological texture. In addition, the assertion stating that the applica-
tion of the rheological texture increases the load capacity of the bearing
but not as efficiently as changing the viscosity uniformly still holds.
Fig. 12 shows the load and friction of the herringbone bearing as a
function of the viscosity at the location of the rheological texture for a
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Fig. 12. Load and friction of the herringbone bearing as a function of the
viscosity at the rheological textures. Note that the viscosity of the bulk is
0.05Pas.
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rotational speed of 100 rpm. In this calculation, the yield stress is as-
sumed to be zero everywhere in order to provide an easier comparison
between the conventional bearing configuration and the bearing con-
figuration with rheological texture. The results in Fig. 10 allow us to
neglect the yield stress since it has only a minor effect on the load ca-
pacity and friction coefficient.

Fig. 12 shows an increase in load capacity for an increase in visc-
osity at the location of the rheological texture. This can be explained by
the fact that the average viscosity of the lubricant within bearing gap
increases. The friction force shows a minimum in friction at the point
where the viscosity of the rheological texture is the same as the visc-
osity of the bulk. From this evidence, it seems that the use of the
rheological texture in this bearing configuration always leads to an
increase in friction coefficient.

Additional advantage of this concept is that the local viscous be-
haviour can be controlled, and thus the behaviour of the bearing can be
modified during operation.

In general, the results presented in this work clearly demonstrate
the power of the method to model the behaviour of a Bingham plastic in
a lubricating film, as previously published by the authors in [31].

A possible and interesting next step in this research would be a
shape optimization study of rheological textures that might increase the
bearing performance. With the results herein presented, a fair com-
parison can be made between optimized rheological textures and op-
timized physical textures.

4. Conclusion

The work has shown that bearing performance can be enhanced by
using rheological textures. This principle adds an extra parameter in the
design of a bearing that can be used to boost the performance. The
potential of this concept is illustrated by comparing different bearing
designs. Generally, the results show an increase in specific load capacity
but also an increase in friction coefficient.

A new hybrid journal bearing configuration using the rheological
texture is proposed where both hydrostatic and hydrodynamic working
regimes are not compromised.
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Abstract

A lot of lubricants that are used in bearing systems have a rheological behaviour that is reasonably
modelled with the Bingham plastic material model. Literature presents basically three different
methods to model a 2D flow behaviour of this lubricating film. The first method is to use the full
3D (Navier-)Stokes relations together with a CFD simulation to model the flow in the full 3D
extend of the lubricating film. The second method is to use an approximated thin film model. The
third method is to use a reqularization technique that approximates the Bingham model by taking
away the discontinuity. This overview demonstrates that an exact lubrication theory (no additional
assumptions required to deal with non-linearity due to the yield stress) that is applicable to a 2D
lubricating film does not exist yet. Therefore, this paper presents an exact lubrication theory for
a Bingham plastic fluid. The theory is said to be exact in the sense that it requires no additional
assumptions than the ones already used in the Generalized Reynolds Equation. Simulations on
both infinite an finite journal bearings shows that the results of the present method are in good
accordance with literature, demonstrating the validity of the method.

1 Introduction

In many bearing systems lubricants are used of which the rheological behaviour is reasonably
modelled with the Bingham plastic material model, which combines a solid behaviour at shear
stress values below a critical yield stress, and with a constant viscosity flow above that yield
stress. Some frequently used applications are for example the grease in roller bearings or low
speed journal bearings. Some less frequent applications are fore example magnetorheological and
electrorheological bearing systems. The rheological properties of these fluids are a function of
magnetic and electric field. This makes it possible to make an active bearing by controlling the
rheological properties of the lubricant in the bearing [1, 2, 3, 4]. A proper design of these bearing
systems is only possible when a proper method is used to predict the behaviour of a certain design.
This has been shown to be troublesome due to the discontinue in the Bingham plastic material
model caused by the yield stress.

The work of Wada et al. [5] presents an approximated lubrication theory for Bingham plastics in
2D lubricating films. The method is said to be an approximation in the sense that it requires some
additional assumptions to accommodate for the non-linearities caused by the Bingham material
model. The theory was validated for the case of a step bearing by Wada et al. [6] and a journal
bearing also by Wada at al. [7]. The method seems to provide a good approximation.

The method of Wada et al. was later successfully implemented by for example Christidi-
Loumpasefski et al. [8] and Nikolakopoulos together with Papadopoulos [9]. In [8] the calculations
are limited to situations where no plug flow occurs, significantly reducing the numerical complexity.

Appendix A14



Appendix Al4

The work of Tichy [10] presents an exact lubrication theory for Bingham plastic fluids applicable
to 1D lubricating films. This method can be said to be exact since it does not use any additional
assumptions to accommodate for the non-linearities due to the yield stress. The method of Tichy
[10] was later successfully implemented by for example Urreta et al. [11] and Forte et al. [12].

The work of Dorier and Tichy [13] presents a reqularization strategy for lubrication theory for
Bingham plastics applicable to 2D lubricating films. The method approximates the Bingham plastic
model by using a model that is similar to the Bingham-Papanastasiou model [14]. This approximation
converges to the conventional Bingham model for an increasing value of a regularization parameter
but gets more computational demanding when it does so. The method has the added benefit that it
removes the necessity of tracking the location of the plug in the film as is the case in the work of
Tichy [10] and Wada et al. [5].

The method of Dorrier and Tichy [13] was later successfully implemented by for example Sharma
and Khatri [15], Jang and Khonsari [16] and Khlift et al. [17].

The work of Gertzos et al. [18] presents a CFD method to model the behaviour of a Bingham
Plastic in a lubricating film. It uses the Bingham-Papanastasiou model to approximate the Bingham
behaviour while still maintaining a continuous material. The method of Gertzos et al. [18] was later
successfully implemented by Peng and Zhu [19, 20]. The authors furthermore extend the method
with a cavitation algorithm and a varying yield stress over the lubricating film.

The work of Bompos et al. [21, 22] and Kim et al. [23] demonstrates the use of a bi-viscous
material model implemented in a CFD model to mimic the behaviour of the Bingham plastic material
in a lubricating film. This model uses a relatively high viscosity to model the solid phase behaviour
and a relatively low viscosity to model the fluid phase behaviour.

Literature demonstrates that there are basically three methods to model a 2D lubricating film.
The first method is to use the full 3D (Navier-)Stokes relations together with a CFD simulation
to model the flow in the full 3D extend of the lubricating film. The second method is to use
the approximated thin film model presented by Wada et al. [5]. The third method is to use the
regularization technique used by Dorier and Tichy [13]. An additional fourth method exists when
modelling only a 1D lubricating film. The work of Tichy [10] presents an exact lubrication theory
that is applicable to a 1D lubricating film. This overview demonstrates that an exact lubrication
theory (no additional assumptions required to deal with non-linearity due to the yield stress) that
is applicable to a 2D lubricating film does not exist yet.

Therefore, this paper presents an exact lubrication theory for a Bingham plastic fluid. The
theory is said to be exact in the sense that it requires no additional assumptions than the ones
already used in the Generalized Reynolds Equation [24]. The method is tested against other results
presented in literature. Simulations on both infinite an finite journal bearings are performed.

2 Method

The method consists of two parts. The first part derives the lubrication theory for a Bingham Plastic.
The second part discusses the numerical method used to solve the set of equations derived in the
first part. Data from literature (Wada et al. [7], Tichy [10] and Gertzos et al. [18]) is used to compare
the modelling results of both finite and infinite journal bearings. The data is gathered from these
sources with the use of a data extraction utility [25].



2.1 Lubrication theory for Bingham plastics
2.1.1 Bingham material model

A Bingham plastic is a material model where the material behaves as a solid when the shear stress
in the material |‘?| is below a given yield stress 7p and where the material shows viscous flow when
the stress in the material is above that yield stress. Relation (1) describes this behaviour of the
material with n describing the viscosity and y the shear rate.

7] = 7o + nlv| (1)

Relation (2) describes the shear rate that occurs in response to an applied shear stress. The relation
demonstrates that the material is solid below the yield stress and that the material flows above the
yield stress.

7| — To . R
|)_;| _ % if |T| > Tp )
0 it |7]< 1w

For convenience later on in the derivation, at this stage we derive relation (3) that projects the
shear rate in the proper direction with the use of a flow factor f. Relation (4) describes this flow
factor which for all values of the shear stress and yield stress has a value between 0 and 1.

V=1 (3)

S|

f=4 |7 b (4)
0 it |71<m

2.1.2 Stress distribution

The theory considers only lubricating films, and therefore only considers low Reynolds number
flows where the film height is small compared to the film width and length. The Cauchy momentum
equation is thus reduced to the form presented in relation (5), where p stands for the local film
pressure and z presents the z-coordinate in the film (see also figure 1).

ot

— =V 5

5, = VP ()
Integrating relation (5) over the film height results in relation (6) that describes the stress in function
of the film height and the stress 7. at z = 0. Figure 1 presents a graphical representation of this
stress distribution in the x-direction.

T=2zVp+ 12 (6)

The magnitude of the shear stress vector is given by (7). Figure 2 presents a graphical representation
of the shear stress magnitude |7]. The blue part of the graph presents the amount of stress that
causes flow since it is this is the only part above the yield stress. The green part presents the part
of the shear stress that does not cause flow since it is below the yield stress. The red part presents
the amount of additional shear stress that is required in order to cause flow.

|[7? = 22| Vp|* +22Vp - T + |7 (7)
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Top surface

Bottom surface

Figure 1: Stress components in x-direction

Top surface

Bottom surface

Figure 2: Magnitude of stress

2.1.3 Plug analysis

In-between the two surfaces, depending on the shear stress distribution, part of the material behaves
as a solid and part as a fluid. Due to the nature of the shear stress distribution there are two possible
transition points (Zpottom and zip) Where the lubricant changes from solid to fluid. The lubricant
behaves as a solid in-between these two transition points and as a fluid outside these two transition
points. In order to locate these points, first the z-coordinate of the minimum shear stress z, and the
corresponding minimum stress value 7, are derived from (7) and presented in respectively relation
(8) and (9).

Vp- T,
Zn =5 (8)
IVpl?
|f|2:|1‘-‘|2_M 9)
‘ V|’
Rewriting relation (7) with the use of relation (8) and (9) leads to relation (10).
|72 = |2l + (2 = 2u)* [V pI? (10)



Solving relation (10) for z when the stress is equal to the yield stress 7y, leads to relation (11).
The parameter A presents the distance from the point of minimum stress z, to the point where the
stress is equal to the yield stress, see figure 2 for a graphical representation of this.

7 — |Tnl?
A=lz—zy| = [V p[2
0 if |l > 10

2.

Relation (11) now finally leads to a relation of the two transition points zpiem and zip respectively
presented by relation (12) and (13). The locations of these transition points describe the topology
of the flow. The following situations are possible:
e Both values have the same value: No plug appears,
e Both values have different values and are inside the film: A plug is floating in-between the
two surfaces,
e Both values haves different values and one of the values is inside the film: A plug is present
and sticking to one of the surfaces,
e Both values are outside and on the same of the film: No plug appears,
e Both values are outside the film and on different sides of the film: The material is completely
solid in-between the two surfaces.

zbotmm:mln({g,max({—g,zm—A})}) (12)
zop = min ({4, max ({3, zn + A})}) (13)

The max function in relation (12) and (13) makes sure that the value is not smaller than —g and
the min function makes sure that the value is not larger than %

2.1.4 Flow field

Relation (14) describes the lubricant velocity across the film height by integrating relation (3) over
the height of the channel. Figure 3 gives a graphical representation of a typical fluid profile. The
green and blue parts represent respectively the lubricant above and below the plug that behave as
a fluid. The red part represents the plug that behaves as a solid.

7z 1 (? 1 (7
J:/ —?dz+ﬁa=—/ fz szp+—/ f dz 7 +d, (14)
—hp2 N nJ—np nJ—hj2

For convenience we define the flow factor integrals (15) such that the velocity difference between
the two surfaces is described with relation (16)

h/2

Fa :/ fz" dz (15)
—h/2

— — F F =

ub—ua=71Vp+70Ta (16)

Now relation (17) describes the stress at z = 0.

ﬁb_ﬁa F
il 17
o T RP (17)

—

Tc =1
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Substituting relation (17) into relation (14) results in relation (18) that describes the flow velocity
over the height over the channel in function of the surface velocities.

1/z 1/Z R 1 [? (Ub_g’a Fi_o
i=- fTdz+id,=- fzszp—i——/ f dz n——=—Vp|+ia
nJ-np h2 nJ_np Fo Fo °

1 ’ 1 z
=-v / (z——1) dz+Ja(1——/ fdz)+Jb— fdz (18)
b2 Fo Fo J_np Fo J_np

Top surface

=

T T 2w

A
A Zhotiom
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Figure 3: Velocity of the lubricant in x-direction

2.1.5 Flow rate

Integrating relation (14) across the height of the channel results in relation (19) that describes the
flow rate through the system.

hf2 1 hf2
J:/ L7d2=—Vp/ J fz dz dz+—‘rc/ J f dz dz+/ i, dz (19)
h2 h2 hj2 hj2

Relation (20) uses integration by parts to simplify relation (19).

1 z hj2 hj2 1 z h/2 hj2
G=-Vp [z/ fz dz] —/ fz2 dz|[+-7 [z/ f dz] —/ fz dz|+id,h
n —h/2 —hp —hf2 n —h/2 —hp —h/2
1 hF; 1, [hFo .
—lop(m-t) s e (2o k) v o

Relation (21) presents an alternative form of relation (20) by substituting relation (17) into
relation (20).

(nub_ua —ﬂVp) (?—H) + ,h

1 hF, 1 iy — Uy iy — iy F F? .
=——Vp|F=—|+-|nh - Fi——=Vp+ —V h
p P(z )+n(fl 5 n 172 p—i—,__o p|+da

1 F? h F\. (h F\.
= n(FZ—FO)Vp—k(z—FFO)ua—F(E—FO)ub (21)

Both relation (20) and (21) describe the flow rate through the system and can as such be used
to solve for the one remaining unknown, the film pressure p, using conservation of mass. However,
this does require a solution for the flow factor integrals F, which is described in the next section.



2.1.6 Flow factor integrals

Goal of this section is to get rid of the integral in the flow factor integrals F, defined in relation (15).
Eliminating these integrals removes the necessity to do a numerical integration step as is needed
in the regularization method used by Tichy [10]. To achieve this, relation (15) is first rewritten to
relation (22).

hf2 hj2 |i_>| -1 hf2 hj2 1
Fn :/ fz" dz:/ — 7" dz:/ z" dz—‘ro/ —2z" dz (22)
—hj2 Y —hj2 w2 |71

Note that relation (22) only applies at the location where there is no plug and thus (23):

Zbottom hj2 Zhottom '] hj2 1
F,,:/ z" dz+/ z" dz— 19 / —Z" dz+/ —z" dz
—h/2 Ztop —hf2 | | Ziop | |

[j:n 2 ’ Zbottom) + Fa (Ztop 7 )] [gn( 20 zbottom) + gn(ztop 2)] (23)

bn+1 _ an+1

Fnla, b) = /b " dz= ———— (24)

and:

G (a,b) = /b 2" dz _ /b z" dz _ /b o ({—i—zm)” dz 25)
o e s ez vpr Jee VIBEHZIVPE
or, after introducing the notation short-cuts:
A=a—z, B=b-2z, a=|%|, b=zn c¢=]|Vp| (26)
this integral is equal to:

5 (Z+b) L (n) Bz R (n) .
A a2 + (cZ)? dZ_Z k b /A \/Giw dz—g P b" ™  Hy (27)

k=0

where the integrals can be determined analytically:

Ho = 1 (arsinh (C—B) — arsinh (&4) ) (28)
C a a

Hi = % (\/a2 T (cBP —/a? + (cA)Z) (29)

(B\/ a2 + (B — A\/a? + (cA)? - aZHo) (30)

2.2 Numerical model

The system of differential equations that describe the behaviour of a Bingham plastic in a lubrication
film are solved using the commercial package COMSOL Multiphysics® 5.4.

The lubricating film in a journal bearing with one axial supply line is considered. The supply
line is located at the top of the bearing with a supply pressure equal to ambient pressure. The film
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is cut open at the top and folded open to obtain a 2D model. The height of the film is described by
relation (31) where c is radial clearance, e the eccentricity and 0 the radial bearing position. The
pressure is constrained at all four sides to zero by using a Dirichlet boundary condition.

h=c(1+ ecos0) (3N

The model uses a triangular mesh with a maximum element size of 5% of the bearing length. The
elements use a Lagrange shape function and are of a quadratic order for the PDE and of a quartic
order for the weak contribution.

Two solver strategies are tested within this work:

Strategy A uses relation (20) to solve the system as a partial differential equation for the
pressure p while implementing relation (16) as a weak contribution to force the correct surface
velocities.

Strategy B uses relation (21) to solve the system as a partial differential equation for the
pressure p . The values of Fo, F1 and F; are updated every iteration based on the current pressure
distribution. The processes can be summarized with the following solver sequence:

0. Initial quess: Fo = h, F; =0, F, = h?/12

1. Calculate p

2. Calculate Fy, Fq, F>

3. Back to [1.], iterate, until convergence criteria are met

Both solver strategies use a parametric solver to guarantee convergence of the non-linear system.
The solver starts with a zero yield stress and iterates towards the desired yield stress. The step
size is generated automatically by the software package. The solver is assumed converged when a
relative tolerance smaller than 1e-6 is achieved. Computation is performed on a Intel Xeon CPU
E5-1620 V3 @ 3.50 GHz with 32GB of Ram.

3 Results
hgp

Figure 4 show the normalized pressure distribution p* = 27 in a finite journal bearing for a
Newtonian fluid for different eccentricities e. The figure shows both the results published by Wada
et al. [7], Gertzos et al. [18] and the present work. Figure 5 show the pressure distribution in
a infinite journal bearing both for a Newtonian fluid and for a Bingham plastic fluid, where the
normalized yield stress is given by relation To = {i*. The figure shows the results of Tichy [10]
compared to the current study.

Figure 6 and 7 present the pressure distribution in a finite journal bearing lubricated with a
Bingham plastic for different values of Ty and different bearing eccentricities. The figure shows both
the work published by Wada et al. [7], Gertzos et al. [18] and the present work of this paper.

Figure 8 and figure 9 present the plug configuration derived with the method presented in this
paper for a normalized yield stress of Top = 0.8 and an eccentricity of e = 0.9 . The green surface
presents the locations where there is no plug present, the height of the plug represents the value
of z,,. The blue and red surfaces present respectively the bottom (zpgttom) and top (ziep) of the plug.

The models typically solve within a minute for one bearing configuration. The solution process
tends to be relatively slow for large plug configurations and relatively quick for no or small plug
configurations. No significant difference between method A and method B concerning speed or
accuracy were found during this research.
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4 Discussion

Figure 4 shows that the method of Wada et al. [5] corresponds exactly with the method presented
in this work. This good fit is expected since the two methods use exactly the same assumptions for
modelling the Newtonian condition; the two methods are fundamentally the same. The figure shows
furthermore a slight offset between the method of Gertzos et al. [18] and the method presented in
this paper. This might be explained by the fact that a full 3D CFD simulation is compared with a
2D thin film approximation.

Figure 5 shows that the method of Tichy [10] is in good accordance with the method presented
in this paper. Extracting the data from the original journal paper most probably caused the slight
offset between the two lines. It must be noted here that this analysis is only an infinite journal
bearing analysis. This means that the shape of the fluid profile is more basic and there is no
cross-coupling between the flow in x- and y- direction.

Figure 6 and 7 show a fair fit between the methods of Wada et al. [7], Gertzos et al. [18] and
the one presented in this paper. The slight offset between the CFD analyses of Gertzos et al. [18]
and the present method is also there for the Bingham plastic fluid. Interesting to note is that the
pressure profile obtained using the present method always seems to exceed the pressure profile
compared to [18].

The difference is again most probably caused by the nature of the simulation, one is full turbulent
3D CFD while the other is a laminar thin film approximation.

The perfect fit between the method of Wada et al. [7] and the one introduced in this paper is
not there any more for a Bingham plastic fluid. This is most probably due to the extra assumptions
made during the derivation of the method of Wada et al. [7]; the two methods are therefore not
fundamentally the same any more. Since the method in the present work uses less assumptions, it
might be considered more accurate. All three lines are in good accordance with the measurements
performed in the work of Wada et al. [7].

Figure 8 and 9 demonstrate that the resulting pressure field and plug configuration have a
smooth and symmetrical solution. Note that cavitation is not included in this model.

The speed of the present method is expected to be comparable to that of the method published
by Wada et al. [5], both methods are of a similar form and most probably require a similar solver
strategy. The present method is expected to be substantially faster than the method of Dorier and
Tichy [13] since it does not require an numerical integration step in the solver sequence to get the
proper viscous behaviour. The present method is also expected to be significantly faster than the
method of Gertzos et al. [18] as this is a full 3D turbulent CFD calculation whereas the method
proposed in this paper uses a thin film assumption and obtains a solution for a laminar pressure
distribution in 2D, resulting in a huge reduction in degrees of freedom.

5 Conclusion

This paper presents an efficient numerical simulation method to describe the pressure in a lubrication
film for Bingham plastic fluids. The derivation uses the 'exact’ Bingham plastic fluid rheology model
in combination with only the assumptions already required for the general Reynolds Equation.
Therefore this makes the method accurate since it does not require to approximate the Bingham
model or to use a reqularization method. Also, the method is computationally highly efficient
since no reqularization technique is needed. Comparing the results with results found in literature
demonstrates that all results are in good agreement.
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A self-healing hydrodynamic thrust bearing using a magnetorheological fluid

M.C. de Graaf, R.A.J. van Ostayen, S.G.E. Lampaert
Delft University of Technology, Mekelweg 2, 2628 CD Delft, the Netherlands

Abstract

Fluid bearings do have several disadvantages which have to be overcome. Some fluid bearings require an external
pump which is sensitive to failure, others have fixed surface textures which are sensitive to wear, especially during
starting and stopping. By applying a magnetic field the viscosity of a magnetorheological (MR) fluid can be
altered, up to the point it becoming a solid. Using an MR fluid in combination with a magnetic field, local and
controllable surface textures can be created which are less sensitive to wear.

In this work a proof of concept for a hydrodynamic thrust bearing lubricated with an MR fluid is modeled and
produced. For the models two mechanisms utilizing surface textures for pressure buildup in a lubricating film
using MR fluids are studied. The first uses local viscosity variation resulting in so-called virtual surface textures.
The second uses local sedimentation of magnetic particles in locations of higher magnetic field strengths resulting
in physical surface textures. The experimental results correspond to the situation where the magnetic particles
are completely sedimented. Here self-healing surface textures are created, over which the carrier fluid flows. The

carrier fluid is pressurized by these textures which results into a load carrying capacity.

Keywords:

Magnetorheology, Hydrodynamic, Tribology, Numerical, simulation

1. Introduction

To minimize friction and prevent wear are the main
reasons why lubricants are used in fluid bearings. In
fluid bearings the load is supported by a thin film of
fluid which is externally pressurized or which is pres-
surized by a rapid movement of the bearing faces. But
these lubricated bearings encounter different problems
[1]. Metal to metal contact cannot be avoided due to
a not sufficient oil pressure and viscosity at certain
working conditions or due to that the oil film thickness
breaks when the variation of the load and vibration ex-
ceed the acceptable level [2, 3]. In addition, a decrease
in viscosity and load carrying capacity is possible due
to the temperature increase of the lubricant during op-
eration. Smart fluids, like magnetic fluids, have the
potential to improve the performance and overcome
the drawbacks of fluid bearings [4, 5].

The magnetic properties of a magnetic fluid are ob-
tained when particles that have magnetic properties
are suspended in a carrier fluid. MR fluids are flu-
ids that can have a liquid behavior but can also act
solid, depending on the strength of the magnetic field
applied to it. MR fluids becoming a solid is due to the
attractive dipolar forces between the particles which
have been magnetized by the applied magnetic field
[6]. The strength of the solid phase is caused by the
formation of certain structures, such as chain-like ag-
glomerates. The aggregation process for an MR fluid

Preprint submitted to Master of Science Thesis

is more intense in presents of a field than for ferroflu-
ids, another well known magnetic fluid [7]. Due to
this more intense aggregation process the flow behav-
ior can be controlled [8].

In [9] an MR fluid film bearing is constructed,
which is capable of exciting the MR fluid. The pur-
pose is to evaluate the dynamic properties of this bear-
ing both in its active and its inactive state. In [10] a
virtual textured hydrostatic bearing is proposed where
the resistance is increased locally by using an MR
fluid and a local magnetic field. In [5] it is seen that
the critical pressures of the proposed thrust bearing
using a magnetic fluid are larger than those of the nor-
mal lubricated bearing under high speeds. In [11] it is
shown that the load capacity of a magnetic-fluid-based
porous inclined slider bearing is found to be greater
than the configuration using a conventional lubricant
seen in [12]. The research in [13] elaborated on [11]
considering a slider consisting of an inclined pad and
a flat pad. It was seen that the magnetic fluid increases
the load capacity, and does not alter the friction.

In [14]-[17] journal bearings lubricated with a fer-
rofluid are presented. There it is concluded that the
bearing performance is modified significantly, like in-
crease in stiffness and load capacity, but only only for
certain conditions. Far from these conditions, an in-
significant effect is obtained for the magnetic lubrica-
tion. In [18] it is investigated if magnetic fluids can
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be used as active lubricants in a hydrodynamic jour-
nal bearing, here both a ferrofluid and an MR fluid
are tested. It is seen that the rheological change of
the ferrofluid is negligible for the purpose of a tunable
lubricant. On the other hand, the MR fluid has good
potential to be used as an tunable lubricant. In [19]
an active hydrostatic bearing with MR fluid is pre-
sented. Here it is shown that the drawbacks (stiffness,
response time and variation in bearing gap) of conven-
tional hydrostatic bearings are overcome with the use
of an MR fluid.

Ferrofluids already show potential to overcome the
drawbacks of lubricated bearings, but seen is that the
tunability is low and it only works for certain condi-
tions. Therefore it is beneficial to look into MR fluids
and their application to overcome the drawbacks of
wear present in lubricated bearings. The MR fluid to-
gether with a local magnetic field can locally create
solid like behavior of the lubricant resulting in surface
textures that are not sensitive to wear.

In this paper three different designs of hydrody-
namic thrust bearings lubricated with an MR fluid are
considered. All of the designs are numerically mod-
eled and experimentally measured. The designs are
modeled for the case that the particles stay completely
in suspension and for the case that the particles show
complete sedimentation, resulting in virtual and phys-
ical surface texturing respectively. Comparing the re-
sults of the model with the results of the experiments
demonstrates which situation is likely to occur.

2. Method

First the model for perfect mixture resulting in vir-
tual surface texturing is discussed followed by the
model for complete sedimentation resulting in phys-
ical surface texturing, at last the experimental set-up
is discussed. The models and proof of concept consist
of several layers. In figure 1 a top view configuration
is seen of the layer containing the magnets. Here 6 is
the angle under which the magnets lie, r is the radius
of the bearing, [ is the length of the magnet, and b is
the width of the magnet. In figure 2a the cross section
at location A-A in figure 1 is seen for the model used
for perfect mixture. In this figure every layer used in
the model is shown. In figure 2b the cross section is
seen for the model used for complete sedimentation.
Here the MR fluid film now consists of steps created
by the sedimented magnetic particles over which the
carrier fluid flows. In this model only the fluid film
containing the steps is considered. The proofs of con-
cept only consist of the layers below the MR fluid in
figure 2.

In the numerical simulations a vapor pressure equal
to 1 atmosphere is used. Here the vapor pressure as re-
lating to cavitation refers to the vapor pressure in equi-
librium conditions. Without cavitation for 0 = 0, the

negative pressure and the positive pressure will cancel
out. However, due to the release of gas entrained in
oil, the negative pressure cannot be lower than vapor
pressure. In most cases the vapor pressure is nearly
ambient due to long time exposure to air [20]. For
this reason the vapor pressure is taken equal to 1 at-
mosphere.

Figure 1: Configuration of the magnets used in the numerical
simulations and proofs of concept.

== Ferromagnetic  mm MRFI122EG
m= Magnet | == Magnetic particles
— Non-magnetic  —; Carrier flui

(b)

Figure 2: 2D section at location A-A in figure 1 of the geom-
etry used in the numerical simulation. (a) Perfect mixture.
(b) Complete sedimentation.




2.1. Model for perfect mixture

A three-dimensional numerical simulation in
COMSOL Multiphysics [21] is made. This is done
taken into consideration that on this model a proof
of concept can be based. A model that is used to
describe these non-Newtonian fluids is the Bingham
model (Eq. 1 and 2) [22].

T=T,+77, [t > 7y )
7=0, Il < 7y 2)

Here 7 is the shear stress in the fluid and ¥ the
shear rate. In the Bingham model the shear stress
is dependent on the yield stress of the fluid. For
an MR fluid this yield stress is depending on the
magnetic field, the higher the magnetic field strength
the higher the yield stress. Using a local magnetic
field the viscosity and fluid pressure of the MR fluid
can be controlled locally. To simulate this behav-
ior the Bingham-Papanastasiou model [23] is imple-
mented in the numerical simulation. The Bingham-
Papanastasiou model proposes an exponential regular-
ization for the Bingham model (Eq. 3 and 4).

=11 ="+ 07 3)

T .
n= f(l — ey 4 g 4

Here 1o represents the viscosity for no applied
magnetic field, and m is the regularization param-
eter. The higher the value of m, the closer the
Bingham-Papanastasiou model follows the Bingham
plastic model. From this the apparent viscosity is ob-
tained (Eq. 4).

The model for the perfect mixture is build up out of
several layers representing a thrust bearing (Fig. 2a).
Two layers of ferromagnetic material, one contain-
ing the magnets, a non-magnetic layer separating the
magnets from the MR fluid, an MR fluid film which
in reality is surrounded by air but is not shown in the
figure, and a sliding top layer made of non-magnetic
material. The MR fluid used is MRF122EG provided
by Lord Corporation [24]. The parameters used in the
model can be seen in table 1.

For this model a combined study regarding mag-
netism and fluid flow is used. The magnetic field is
simulated for the whole domain. Given every part has
its own magnetic properties, a certain magnetic field is
formed. After simulating the magnetic field, the fluid
flow of the MR fluid is simulated. This is done only
for the domain where the MR fluid is present. Because
the viscosity is depending on the local magnetic field,
the results from the study regarding the magnetic field
across the film height are obtained beforehand. The
apparent viscosity (Eq. 4) is implemented in the sim-
ulation. Here it is seen that the yield stress depends

Table 1: Parameters used for simulating the perfectly mixed
MR fluid.

Parameters |

Outer diameter bearing 30 [mm]
Ferromagnetic layer thickness 2 [mm]
Magnet (1 x b x h) 7.5x1.1x1 [mm]
Remanent flux density of the magnet | 1.28 [T]
Separation layer thickness 0.15 [mm]

MR fluid film height 0.2 [mm]

MR fluid film diameter 20 [mm]

Air surrounding MR fluid thickness | 0.2 [mm]

Top layer thickness 2.2 [mm]
Viscosity MRF122EG 0.086 [Pa-s]
Regularization parameter 1

0 0, 30, and 36 [degree]

on the magnetic field strength, which is obtained in
the study for the magnetic field. The relation between
the magnetic field strength and the yield stress for
MRF122EG is used. The shear rate, obtained in the
numerical simulation is a variable that is obtained dur-
ing the study for the fluid flow. The viscosity 79 and
the regularization parameter m are known constants.
The appropriateness of the chosen regularization pa-
rameter is checked with the results.

Bar magnets are used to create a magnetic field that
decreases across the height of the fluid film. Due to
the gradient in magnetic field strength, the effective
viscosity of the fluid appears to be higher at the bot-
tom. Near the magnets local surface textures are cre-
ated that influences the tribological performance. This
surface texture is used to pressurize the liquid and so
a load carrying capacity is obtained.

2.2. Model for complete sedimentation

In an MR fluid where the magnetic particles are
completely separated from the carrier fluid the mag-
netic particles cluster around the magnets. These ag-
glomerates of magnetic particles represent physical
steps, and these steps are simulated in a second model.
An approximation for the dimensions of these steps is
obtained in the previous model where a perfect mix-
ture is assumed. It is assumed that for 7 > 1000 the
fluid appears solid. Based on this the steps are repre-
sented using rectangular blocks with a certain length,
width, and height equal to 7.5E-3 mm, 1.1E-3 mm,
1.8E-4 mm respectively. Using these dimensions the
particles occupy 19% of the volume. This corresponds
to the volume fraction of iron in MRF122EG. This
rectangular block is used to approximate the behavior
and see if it corresponds to the situation where the car-
rier fluid separates from the magnetic particles. These
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steps are combined with a fluid that has the same vis-
cosity as for the carrier fluid of MRF122EG. This is
illustrated in figure 2b, a solid part representing the
steps over which an oil flows. These steps pressurize
the liquid and so a load carrying capacity is obtained.

In this model only the MR fluid film is simulated
using the same angles and dimensions as in the model
for perfect mixture. Now the particles are completely
sedimented and in the fluid film now physical textures
are present over which the carrier fluid flows. The
sensitivity for the dimensions and viscosity is consid-
ered in this model. A change in value of 10% for the
viscosity and dimensions of the step is implemented
to obtain the parameter which has the most significant
impact on the load capacity.

2.3. Experimental setup

Three proofs of concept seen in figure 3 are build up
similar to the model. The Anton Paar rheometer MCR
302 (Fig. 4) is used for the experiments. This rheome-
ter measures the normal force exerted on the parallel
plate spindle used. The dimensions of the rheometer
determine the diameter of the layer MR fluid, and also
the maximum dimensions of the magnets which have
to placed under this layer MR fluid. The diameter of
the spindle under which the MR fluid is captured is
equal to 20 mm.

Figure 3: Proofs of concept used for the experiments. Here
0=0,0=30,and 6 = 36.

The proof of concept consists of 2 layers of 2 mm
thick steel, one of these layers containing 8 magnets,
a layer of 0.15 mm thick glass that separates the MR
fluid from the magnets, and several screws and bolts
to hold it together. Both the layers of steel are made
by laser cutting, where the bottom plate locks the pro-
totype in the rheometer and the top plate contains the
magnets. The magnets have a remanent flux density of
1.28 Tesla and the dimensions are 7.5x1.1x1 mm. Be-
cause the steel layer containing the magnets is 2 mm

Figure 4: The Anton Paar rheometer MCR 302 used for the
experiments and one proof of concept placed in the rheome-
ter.

thick, 2 magnets have to be stacked on top of each
other resulting in the total of 8 magnets.

The measuring position, which is equal to the fly-
ing height, is set using the rheometer. The proof of
concept is placed in the rheometer, then the zero-gap
is set in order to determine the position with respect
to the spindle. The rheometer lowers the spindle until
first contact is made, this position is equal to a height
of 0 mm. This is done without the presence of any
liquid.

During operation of the rheometer, the MR fluid
is captured between the glass and the spindle of the
rheometer. During the experiments the revolutions per
minute of the spindle is given as an input and the nor-
mal force acting on the spindle is given as an output.
A total of 10 measurements are done using an interval
of 10 milliseconds between data points, up to a total
of 1000 data points. In the end the average of these 10
measurements is taken.

3. Results and discussion

In figure S the results for the numerical simulations
can be seen. Here both the results for a perfect mix-
ture and complete sedimentation of magnetic particles
and carrier fluid are shown for 6 equal to 0, 30, 36 de-
grees and a flying height equal to 200 ym. For perfect
mixture the yield stress in the MR fluid is in the or-
der of 10°. Using an exponential growth factor m = 1
the Bingham-Papanastasiou model follows the Bing-
ham plastic model down to a shear rate ¥ = 10s7".
Shear rates lower than ¥ = 10s~! are assumed to be
of negligible influence to the solution. The shear rate
in the simulation is in order of 103, so this is a valid
assumption.



Numerical simulation results for 6=0
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Figure 5: Results for the numerical simulations. Here the
results for both perfect mixture and complete sedimentation
are shown.

For perfect mixture an exponential decay (increas-
ing form) in load capacity is seen for every configu-
ration. This is due to a trade-off between saturation
of the liquid (influencing the viscosity and the geom-
etry of the bearing), and the load capacity due to the
pressurization of the fluid for increasing velocity. At
low speed the viscosity of the fluid appears higher and
size of the textures are larger because of the lower
stresses. The moment the velocity increases, the vis-
cosity decreases and also the size of the textures de-
crease which results in a smaller increase in load ca-
pacity.

For complete sedimentation physical surface tex-
tures are implemented over which a fluid flows with
a viscosity equal to the viscosity of the carrier fluid.
This is used to approximate the behavior and see if
it corresponds to the situation where the carrier fluid
separates from the magnetic particles. Here a linear
increase for the load capacity is observed. This is due
to that now the geometry of the bearing is fixed and
the viscosily is constant.

In figure 6 the experimental results together with
the numerical results for complete sedimentation (Fig.
5) are seen for 6 equal to 0, 30, 36 degrees and a flying
height equal to 200 um. For the experimental results
the average of 10 measurements is shown for an in-
terval of 10 milliseconds between data points up to a
total of 1000 data points. A boxplot is shown to indi-
cate the sensitivity of the measurements.

At zero speed, already a normal force is obtained
due to the magnetization of the MR fluid. The appli-
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Figure 6: Comparison of the experimental results to numeri-
cal simulations for complete sedimentation.

cation of an external magnetic field increases the pres-
sure inside the fluid after which the fluid is capable of
carrying loads as already seen for ferrofluid bearings
[25]-[28]. The local magnetic field has a strong effect
on the fluid and pressurizes the liquid resulting in a
load capacity at zero speed. Also the fluid shows vis-
coelastic behavior due to the higher viscosity of the
fluid at zero speed. This viscoelastic behavior results
in a stiffness depending on the magnetic field [29, 30]
resulting in a load capacity. For an increase in veloc-
ity the fluid is sheared and the viscosity decreases and
with it less elastic behavior is seen. The load capacity
increases at the point pressurization of the liquid due
to the rapid movement of the bearing faces overcomes
these effects.

It is observed that the experiments where § > 0
show similar behavior as for a fixed geometry with
a fluid flowing over it with a viscosity equal to 0.03.
Knowing that the viscosity of the carrier fluid is equal
to 0.03 it shows that there is the possibility that what
is measured is actually the carrier fluid separated from
the magnetic particles flowing over physical surface
textures created by the magnetic particles itself. At
first the vapor pressure is taken equal to the atmo-
spheric pressure, but for 6 equal to zero this shows dif-
ferent behavior. A lower vapor pressure significantly
lowers the value of the load capacity for 8 = 0. This is
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due to the pressure distribution which is antisymmet-
ric for 8 = 0. For 6 > 0 the vapor pressure has a less
significant impact, because here the positive pressur-
ization is dominant. A lower vapor pressure is sim-
ulated which does correspond with the experimental
data of 8 = 0. Seen is that this new vapor pressure
which is close to 1 atm, still corresponds for 6 equal
to 30 and 36 degrees.

The impact of different parameters are considered,
these parameters are the width, length, and height of
the bearing, and also the viscosity of fluid flowing
over the steps. The impact is investigated for a change
of 10% for each parameter, and the influence on the
load capacity of the parameter which has the most sig-
nificant impact is obtained (Fig. 6). It is seen that for
6 = 0 the height of the step has the most significant
impact, besides the vapor pressure. For 6 equal to 30
and 36 the length of the step has to most significant
impact. The change in load capacity due to the vapor
pressure falls within these limits.

Observed is that the experimental results corre-
spond to the situation where the magnetic particles
are completely sedimented. This sedimentation is ob-
served after doing the experiments (Fig. 7). Clearly
the oil is separated and is laying on top of the mag-
netic particles, also oil is seen on the spindle. Already
in literature this separation of the carrier fluid from
the magnetic particles is observed. In [31] this phe-
nomenon is discussed using two terms, Fluid Particle
Separation (FPS) in combination with the clumping
cffect. It is discovered that the magnetic particles of
the MR fluid are trapped in the forming chains of the
magnetic field, the so called clumping effect [32, 33].
Here the carrier fluid can still flow freely separately.
This effect occurs when for a longer period of time a
high magnetic field is applied [34].

Figure 7: Oil seen on the spindle and laying on top of the
magnetic particles after the experiments.

The FPS is linked to the clumping effect. Experi-
ments done in [35, 36] showed separation of the car-
rier fluid. This is caused by the distribution in mag-
netic field, the pressure that is build up due to squeez-
ing and changes in the chain structure of the magnetic
particles. From this study, it is concluded that the
fluid-particle separation phenomenon increased at low
carrier fluid viscosity, low compression speed, and

high magnetic field intensity.

It can be stated that during the experiments the par-
ticles form self-healing physical surface textures. The
agglomerated magnetic particles do not wear down
and do not leave the system. Over these textures a
fluid flows with a viscosity equal to the viscosity of
the carrier fluid (Fig. 8). At the top the MR fluid is
trapped between the bearing surfaces and no magnetic
field is applied, so the magnetic particles are evenly
spread over the volume. Then a magnetic field is ap-
plied to the MR fluid by adding permanent magnets
indicated with red in the figure. Near these magnets
the magnetic field strength is high and therefore ag-
glomerates arc formed around the magnets. When
the velocity of the bearing is increased, some of the
magnetic particles further away from the magnets are
sheared off because here the magnetic field is not suf-
ficient to hold them in place. The magnetic particles
that are kept in place form steps that pressurize the
fluid. These steps are self-healing, because magnetic
particles are traded among these steps. A magnetic
particle sheared of from the previous step, fills a gap
in the following step and so the steps do not decay.

Figure 8: Illustration of the self-healing bearing.

4. Conclusion

It is concluded that a self-healing bearing is created.
The surface textures consists of the magnetic particles
over which the carrier fluid flows which is pressur-
ized resulting in a load carrying capacity predicted
with the numerical model for a complete sedimenta-
tion. Near the magnets the magnetic field strength is
high and therefore agglomerates are formed around
the magnets. During operation the magnetic particles
are traded among the created textures. These textures



are self-healing, because the magnetic particles do not
wear down and do not leave the system.

References

[1] S.N. Bhore, N.D. Khaire, ”Analytical and Experimental inves-
tigation of Magnetorheological Fluid in Hydrodynamic jour-
nal bearing,” International Engineering Research Journal, pp.
2712717.

[2] A.M. Loeb, “Electric analog study of hydrostatic bearings,”
Journal of the Franklin Institute, vol. 263, no. 5, pp. 450452,
1957.

[3] F.Y.Zeidan, B.S. Herbage, “Fluid Film Bearing Fundamentals
and Failure Analysis,” Texas A&M University. Turbomachinery
Laboratories, pp. 161186, 1991.

[4] P.G. Nikolakopoulos, C.A. Papadopoulos, ”Controllable Mis-
aligned Journal Bearings, Lubricated with Smart Fluids,” Jour-
nal of Intelligent Material Systems and Structures, vol. 8, no.
2, pp. 125137, 1997.

[5] K. Nagaya, S. Takeda, A. Sato, S. Ikai, H. Sekiguchi, N. Saito,
“Thrust bearing using a magnetic fluid lubricant under mag-
netic fields,” Tribology International, vol. 26, no. 1, pp. 1115,
1993.

[6] S.Odenbach, Ferrofluid. Magnetically Controllable Fluids and
Their Applications. Springer Berlin Heidelberg, 2002.

[7] L. Vks, “Ferrofluids and Magnetorheological Fluids,” Ad-
vances in Science and Technology, vol. 54, pp. 127136, 2008.

[8] 1.G. Kim, K.H. Song, B.O. Park, B.I. Choi, and H.J. Choi,
”Nano-sized Fe soft-magnetic particle and its magnetorheol-
ogy,” Colloid and Polymer Science, vol.289, no. 1, pp. 79-83,
2011.

[9] D. Bompos, P. Nikolakopoulos, "Experimental and Analytical
Investigations of Dynamic Characteristics of Magnetorheolog-
ical and Nanomagnetorheological Fluid Film Journal Bearing,”
Journal of Vibration and Acoustics, Transactions of the ASME,
vol. 138, no. 3, pp. 1-7, 2016.

[10] S.G.E. Lampaert and R.A.J. van Ostayen, "Virtual Textured
Hybrid Bearings,” 44" Leeds-Lyon Symposium on Tribology,
2017.

[11] V.K. Agrawal, "Magnetic-fluid-based porous inclined slider
bearing,” Wear, vol. 107, no. 2, pp. 133139, 1986.

[12] J. Prakash, S.K. Vij, "Hydrodynamic Lubrication of a Porous
Slider,” Journal of Mechanical Engineering Science, vol. 15
no. 3, pp. 232234, 1973.

[13] V.M. Bhat, G.M. Deheri, "Porous Composite Slider Bearing
Lubricated with Magnetic Fluid,” Japanese Journal of Applied
Physics, vol.30 ,no. 10, pp. 25132514, 1991.

[14] D.C. Kuzma, "The Magnetohydrodynamic Journal Bearing,”
Journal of Basic Engineering, volume 85, no. 3, 1963.

[15] C.Q. Chi, Z.S. Wang, PZ. Zhao, "Research on a new type
of ferrofluid-lubricated journal bearing,” Journal of Magnetism
and Magnetic Materials, vol 85 no. 13, 257260, 1990.

[16] T.A.Osman, G.S. Nada, Z.S. Safar, "Static and dynamic char-
acteristics of magnetized journal bearings lubricated with fer-
rofluid,” Tribology International, vol. 34 no.6, pp. 369380,
2001.

[17] N. Patel, D. Vakharia, G. Deheri, ”A Study on the Perfor-
mance of a Magnetic-Fluid-Based Hydrodynamic Short Jour-
nal Bearing,” ISRN Mechanical Engineering, vol. 2012, 2012.

[18] H. Urreta, Z. Leicht, A. Sanchez, A. Agirre, P. Kuzhir, and G.
Magnac, "Hydrodynamic Bearing Lubricated with Magnetic
Fluids,” Journal of Intelligent Material Systems and Structures,
vol. 21, no. 15, pp. 1491-1499, 2010.

[19] J. Hesselbach and C. Abel-Keilhack, “Active hydrostatic
bearing with magnetorheological fluid,” Journal of Applied
Physics, vol. 93, no. 10, pp. 8441-8443, 2003.

[20] X. Lu, M.M. Khonsari, ”An Experimental Investigation of
Dimple Effect on the Stribeck Curve of Journal Bearings,” Tri-
bology Letters, vol. 27, no. 2, pp. 169176, 2007.

[21] COMSOL Multiphysics, available at
https://www.comsol.com/.

[22] K. Walters, ”An Introduction to Rheology,” Elsevier Science
Publishers, firs ed., 1989

[23] T.C. Papanastasiou, "Flows of Materials with Yield,” Journal
of Rheology, vol. 31, no. 5, pp. 385-404, 1987.

[24] Lord Corporation. available at https://www.lord.com/.

[25] S.G.E.Lampaert, "Planar Ferrofluid Bearings: Modelling and
Design Principles,” DSPE Conference. 20160, 2016.

[26] S.G.E. Lampaert, J.W. Spronck, R.A.J. van Ostayen, “Load
and stiffness of a planar ferrofluid pocket bearing,” Proceedings
of the Institution of Mechanical Engineers, Part J: Journal of
Engineering Tribology, vol. 232 no. 1, pp. 1425, 2018.

[27] S.G.E. Lampaert, B.J. Fellinger, J.W. Spronck, R.A.J. van
Ostayen, "In-plane friction behaviour of a ferrofluid bearing,”
Precision Engineering, vol. 54, pp. 163170, 2018.

[28] A.S.T. Boots, L.E. Krijgsman, B.J.M. de Ruiter, S.G.E. Lam-
paert, J.W. Spronck, “Increasing the load capacity of planar
ferrofluid bearings by the addition of ferromagnetic material,”
Tribology International, vol. 129, pp. 4654, 2019.

[29] Y. Xue, S. Changgeng, “'The stiffness and damping properties
of magnetorheological fluid-elastomer composites,” 21st Inter-
national Congress on Sound and Vibration 2014, ICSV 2014,
vol. 5, pp. 43774381, 2014.

[30] J.S. Oh, S.B. Choi, ”State of the art of medical devices featur-
ing smart electro-rheological and magneto-rheological fluids,”
Journal of King Saud University - Science, vol. 29 no. 4, pp.
390400, 2017.

[31] S.A. Wahid, I. Ismail, S. Aid, and M.S.A. Rahim, "Magneto-
rheological defects and failures: A review,” In IOP Conference
Series: Materials Science and Engineering, vol. 114, 2016.

[32] A. Farjoud, R. Cavey, M. Ahmadian, M. Craft, "Magneto-
rheological fluid behavior in squeeze mode,” Smart Materials
and Structures, vol. 18, no. 9, 2009.

[33] A. Farjoud, M. Craft, W. Burke, and M. Ahmadian, "Exper-
imental Investigation of MR Squeeze Mounts,” Journal of In-
telligent Material Systems and Structures, vol. 22, no. 15, pp.
1645-1652, 2011.

[34] K. Adjerid, ”A Study on the Dynamic Characterization of a
Tunable Magneto-Rheological Fluid-Elastic Mount in Squeeze
Mode Vibration,” Virginia Polytechnic Institute and State Uni-
versity, 2011.

[35] L Ismail, S.A. Mazlan, H. Zamzuri, A.G. Olabi, "FluidParti-
cle Separation of Magnetorheological Fluid in Squeeze Mode,”
Japanese Journal of Applied Physics, vol. 51, 2012.

[36] I Ismail and S.N. Aqida, “Fluid-Particle Separation of Mag-
netorheological (MR) Fluid in MR Machining Application”,
Key Engineering Materials, vols. 611-612, pp. 746-755, 2014.

Appendix A15



GV Xtpuaddy



OPEN ACCESS
10P Publishing

Journal of Micromechanics and Microengineering

J. Micromech. Microeng. 30 (2020) 015002 (14pp)

https://doi.org/10.1088/1361-6439/ab3f4c

Capillary rheometer for magnetic fluids

S M Allebrandi, R A J van Ostayen and S G E Lampaert'

Department of Precision and Microsystem Engineering, Technical University Delft, Mekelweg 2,

2628 CD Delft, The Netherlands

E-mail: S.G.E.Lampaert@tudelft.com (S G E Lampaert)
Received 17 May 2019, revised 5 August 2019
Accepted for publication 29 August 2019

Published 13 November 2019

Abstract

®

CrossMark

Magnetic fluids have been around since the 1940s. They come in different forms:
magnetorheological fluids (MR fluids) and ferrofluids. MR fluids characterise themselves by
having a large change in viscosity under the influence of a magnetic field. Ferrofluids have a
significantly smaller change in viscosity, however ferrofluids are colloidal suspensions. After
their discovery many applications followed, such as the MR clutch, magnetic damper and
bearing applications, in which the fluids are subjected to ultra high shear rates. Little information
is available on what happens to the rheological properties under these conditions. In general,

the characteristics determined at lower shear rates are extrapolated and used to design new
devices. Magnetic fluids have potential in the high tech and high precision applications and their
propertics need to be known in particular at shear rates around 10° s~!. Commercially available
magnetorhcometers are not able to measure these fluids at ultra high shear rates and are limited
to 10° s !. Therefore a new magnetorheometer is required to measure ultra high shear rates. In
this paper the physical limitations of current measuring principles are analysed and a concept is
designed for ultra high shear rate rheometry in combination with a magnetic field. A prototype is
fabricated and the techniques used are described. The prototype is tested and compared to a state
of the art commercial rheometer. The test results of the prototype rheometer for magnetic fluids
show its capability to measure fluids to a range of 10* s~ '-1.16 x 10°s~! and the capability to

measure the magnetorheological effect of magnetic fluids.

Keywords: ferrofluid, magnetorheological fluid, high shear, micromechanical, microfluidics,

viscometer, rheology

(Some figures may appear in colour only in the online journal)

1. Introduction

Magnetic fluids come in different forms with different proper-
ties. Commonly they are known as magnetorheological fluids
(MR fluids) and ferrofluids. In the 1940s Jacob Rabinow
created the first MR fluid. These MR fluids alter their rheo-
logical properties (viscosity) significantly under the influence
of a magnetic field. The first use of ferrofluids is credited to
Papell while working for NASA in 1963 [1]. Ferrofluids have
significantly less change in their viscosity, however, are the
first magnetic fluids that arc colloidal suspensions [2—4]. Due

Original content from this work may be used under the terms

BY of the Creative Commons Attribution 3.0 licence. Any further
distribution of this work must maintain attribution to the author(s) and the title
of the work, journal citation and DOL.
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to their unique characteristics these magnetic fluids quickly
found their applications. In 1948 Rabinow patented the first
application of a MR fluid, the MR clutch [5]. Soon after he
patented the MR force transmitter [6]. Later on came applica-
tions such as magneto rheological damper [7], MR brake [8]
and many more [9, 10].

Ferrofluids found applications in bearing applications [11,
12], dynamic sealing applications [13] and more [14].

In these systems the fluid flows at high speed. For example
fluid bearings typically have a thin film (10 xm) and rotate
at high speed (10 m s~ 1). Little knowledge is available about
what happens to the fluid characteristics at these speeds. Prior
research has reached shear rates up to 10° s~! [15-18].

Commercial rheometers are not designed to measure at
high shear rates (above 10* s~1) but to measure a large range
of fluids and rheological behaviour. These devices are mostly

© 2019 IOP Publishing Ltd  Printed in the UK
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Table 1. List of symbols.

Symbol Description Unit Symbol Description Unit

B8 Viscosity temperature AnpK~! Ln Measuring length m
sensitivity

o Shear rate st Lec Cylinder length m

Yapp Apparent hear rate st Lex Exit length m

n Viscosity Pas Leap Channel length capillary m

p Density kg m3 Ly Channel length slit m

T Shear stress Pa M Torque Nm

o Surface tension Nm! Na Nahme number

w Angular velocity rad s~! P Pressure Pa

d Time delay S Py Sensor pressure high Pa

dy, Hydraulic diameter m Py Sensor pressure low Pa

Tpp Gap height parallel plate m Pi, Inlet pressure Pa

hy Gap height slit m 0 Flow rate m3s!

k Thermal conductivity WK !'m! Reap Capillary radius m

r Radial distance m Rin Inner radius m

Tresponce Response time S Rou Outer radius m

v Velocity ms! Rpyp Radius parallel plate m

Vg Slip velocity ms ! R Radial Reynolds number

w Channel width m Re Reynolds number

D Characteristic linear dimension m Ta Taylor number

L Channel length m 14 Fluid velocity ms!

L. Entrance length m

parallel plate or cone plate devices and have a modular design
where inserts can be added to extend the functionality of the
rheometer. However, they are limited in shear rate. Existing
commercial equipment reaches 10° s™! [19, 20]. There are
rheometers available reaching shear rates up to 10" s~!. These
are capillary rheometers [21, 22], tapered bearing simulation
(TBS) [23], or concentric cylinder rheometers [24]. However,
these lack the ability to apply a magnetic field. Therefore, there
is a need for a new apparatus which is capable of reaching
shear rates in the range of bearings and damper and is able to
apply a magnetic ficld.

This paper focusses on the design of a rhecometer capable
of measuring magnetic fluids to a shear rate of 10° s ! under
the influence of a homogeneous magnetic field of 1 T. In order
to develop the most promising magneto-rheological rheom-
eter for high shear rates, the first part of the paper describes
a comprehensive comparison between relevant rheometer
types. This comparison is an original contribution to the
field of rheometry in general. The second part of the paper
describes the design, construction, and testing of the new high
shear rate, magnetorheometer. This part in particular is a new
contribution to the field of magnetorheometry. A list of the
symbols used in this paper can be found in table 1.

2. Theory

The physical principles used in rheometers are determined
and the theoretical working ranges set out. There are four
main principles for measuring at high shear rates.

1. Parallel plate
2. Concentric cylinder

3. Round capillary
4. Slit capillary

The geometrical definition of these rheometer are given in
figure 1 and will be used throughout the paper. The cone plate
is left out as it has a similar but smaller measuring range as the
parallel plate and is less suited for measuring high shear rates.
The goal of the measuring device is to determine the rheolog-
ical properties of a fluid. The viscosity is determined by applying
a velocity and measuring the force or torque required or vice
versa. These are converted through a model into the viscosity. The
model assumes the following conditions for the measurement.

1. Unidirectional shear
2. Laminar flow

3. Wall adherence

4. Tsothermal flow

5. Incompressible flow

Once the assumptions are untrue, errors enter the measure-
ment. Each model assumption is discussed and its limitation
derived.

2.1. Unidirectional shear

Unidirectional shear means that no secondary flows are
present. At high shear rates the measured fluid is moving at
high speed. As long as the viscous force is dominant over
the centrifugal force the flow is unidirectional. However,
once this is no longer true, the fluid starts moving outwards
and unwanted flows occur. This inertial effect is present in
all rotational devices, although there is a difference in how
the rheometers counteract this inertial effect and thus what
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Parallel plate

Round capillary

Slit capillary

Figure 1. Geometrical definitions.

range they can measure before the effect dominates the
measurement.

2.1.1. Parallel plate. In the case of these rotary measurement
methods the flow towards the outside is the first occurring
secondary flow. At one plate the fluid will flow from inside
to outside and at the other reversed. The secondary flow is
initially laminar but can become turbulent. A dimensionless
number can be formed describing the onset of secondary
flows [25], according to the following analysis. The second-
ary flow is characterised by the forces acting on a unit volume.
The forces acting on this unit can be evaluated in a steady state
in the radial direction. The dimensionless number R is created
to give the ratio of these forces, equations (1) and (2). Geo-
metrical definitions for parallel plate from figure 1 are used.
The R number is the Reynolds number in the radial direction.

2

~  pwr
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h
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When the critical R number is exceeded, secondary flows
will occur which results in a higher measured viscosity. In
particular non-Newtonian fluids will show complex behav-
iour as the increased shear stress will alter the viscosity. The
critical value of the R number for cone-plate and parallel plate
is 6 according to [25].

At the edges of parallel plate measuring geometry, the forces
on the unit volume are different. As these devices have open
edges the centrifugal force is countered by the surface tension.
There is the possibility that the centrifugal force overcomes the
surface tension. This phenomenon, known as radial migration,
limits the range of the rheometer, equation (3) [26]. The balance
between the surface tension and the inertial forces results in a

critical shear rate. This critical shear rate is fluid dependent and
strongly dependent on the gap height. The equation for the crit-
ical shear rate can be found in equation (4) [26]. Geometrical
definitions for parallel plate from figure 1 are used.

3 202 o
207 Rm) > 3)
P (prp> ] 200 @
wpe hpp . 3ph[31p ’

The result of radial migration can be seen as a drop in
measured torque. As there is less fluid, the shear stress is
reduced. Repeating the measurement will result in lower
torques measured due to the loss of fluid and thus a lower
viscosity is measured.

2.1.2. Concentric cylinder. As with the parallel plate rhe-
ometers, the concentric cylinder is influenced by the cen-
trifugal forces in the fluid. However, due to the fluid being
held inside by the outside cylinder, the fluid cannot be flung
out. A rising pressure gradient occurs between the inner and
outer cylinder. This balance is not stable and when the rota-
tional speed exceeds a certain point, secondary flows occur.
This phenomenon was first studied by Geoffrey Ingram Tay-
lor in 1923. Through dimensionless analysis a quantification
of the relation between viscous forces and the inertial forces
was described. He found the critical Taylor number at which
Taylor vortices occur. The Taylor number is defined in equa-
tion (5) [27, 28]. Geometrical definition from figure 1 for con-
centric cylinder are used.

2.2 (Rout - Rin)5

Ta = p™y Rof? )

When increasing the angular velocity even further, dif-
ferent Taylor vortices occur. The Taylor vortices are initially
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(a) (b)

Figure 2. Effect of wall slip on the flow profile. In red the slip
velocity. (a) Wall slip pressure driven flow. (b) Wall slip Couette
flow.

Figure 3. Wall depletion in suspensions.

laminar flows. The increased shearing in the fluid results in a
higher torque measured and thus higher viscosities measured.
For non-Newtonian fluids the extra shear affects the viscosity
in the fluid. The critical Taylor number that defines the first
occurrence of the vortices is 1700 [28].

2.2. Laminar flow

Laminar flow is required to generate a well-defined flow pro-
file. The flow profile is used to determine the shear rate in
the fluid. As the speed of the fluid increases, the laminar flow
transitions into turbulent flow. Turbulence occurs due to layers
of fluid moving at different speeds. Turbulence has been
studied for many types of pipe flow. The capillary devices are
pipe flows and therefore are limited to the onset of turbulence
which can be expressed by a critical dimensionless Reynolds
number. The Reynolds number is used to quantify the balance
between inertia forces and the viscous forces. The Reynolds
number is defined in equation (6).

Re = —. (6)

For the capillary devices the Reynolds number is trans-
formed in different shape specific equations, equations (7) and
(8). Geometrical definition from figure 1 for round capillary
and slit capillary were used respectively. Turbulence creates
extra shear stress in the fluid and chaotic flow. This increases
the friction and results in higher viscosities measured. The
critical Reynolds number defines the limit of the laminar flow.

Table 2. Table showing the Nahme—Griffith number for different
types of rheometers [30], geometrical definitions from figure 1.

Rheometer Nahme—Griffith
Na =
Parallel plate nBh,y
k

Concentric cylinder 1B (Rou—Rin)*4’
3

Slit capillary nBhAY?
k

Round capillary N8R,V

I

Table 3. Equations defining the max-minimum viscosity at a given
shear rate due to the sensor and max-minimum shear rate due to
actuation limitations. Geometrical definitions from figure 1.

Limit due
Rheometer Limit due to sensing  to actuation
0= Y=
Parallel plate M WRyp
. . R, Top
Concentric cylinder M W (Rin+Rou)
Ryl 2(Rou—Run)
Slit capillary why AP 60
29 (w+hy) La wh?
Round capillary Rep AP 40
29 Leap 7R},
| 2
. PR
Round capillary : Re = ——2 (7)
2n
2pywh?
p Y sl

Rectangular capillary : Re = ————. 8
B ey R G )
Turbulence occurs in the rotational devices as well,
although it forms after the instabilities discussed in the pre-
vious section. The Reynolds number is proportional to the
speed of the fluid. This means turbulence starts occurring at

the edges of the rotational devices.

2.3. Wall adherence

A key assumption is the zero wall slip condition. This con-
dition states that fluid in contact with a wall does not move
along the wall. In reality, this is not always true. When the
cohesion forces are stronger than the adhesion forces the
fluid is pulled along the walls. When wall slip occurs the flow
profile is changed, figure 2. The true shear rate is lower than
the apparent shear rate the model assumes. Therefore the vis-
cosity is underestimated.

Depending on the fluid and for example the wall material,
slip can occur. Slip can also be caused by other factors such
as wall depletion, i.e. larger particles are pushed out of the
boundary layer. The smaller particles then form a lubricating
layer along the walls. The shearing is then mostly limited to
the boundary layers, figure 3.

Corrections for wall slip have been developed since 1931
by Mooney. The Mooney analysis is applicable to all the ana-
lysed devices [29].
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Table 4. Variables in de measurement systems, geometrical
definitions from figure 1.

Device Variable
Parallel plate hyp
Rpp
Concentric cylinder Rin
ROL\t
LCC
Slit capillary hg
w
le
Round capillary Reap
Lcap

The slip will not be taken into account in the determination
of the measuring range as it is fluid and material dependent.
Furthermore, current rheometers do not correct for wall slip.

2.4. Isothermal flow

In general, the viscosity of a fluid is strongly temperature
dependent. Most rheometers are temperature controlled to
cither measure or negate this temperature dependence. As the
shear rates increase at constant forcing more energy is put
into the fluid. All of this energy is converted into heat. This
heat is dissipated through the fluid and eventually transferred
to the outside world or absorbed by the fluid increasing the
fluid temperature. As the viscosity of a fluid is temperature
dependent this heating of the fluid must be avoided. When the
temperature starts influencing the viscosity the momentum
equation of the Navier—Stokes equation becomes coupled to
the energy equation making the prediction of the fluid flow
complicated. An indicator for the significance of the heating
of the fluid is given by the dimensionless Nahme—Griffith
number [30]. This number is the ratio between heat genera-
tion inside the fluid over the dissipation of the heat. As long as
more heat is dissipated than generated due to viscous friction
the effect is negligible. The Nahme—Griffith number is closely
related to the Brinkman number which is used to quantify the
effect a certain temperature change has on the viscosity. The
formulas for the Nahme—Griffith number of the different rhe-
ometers types can be found in table 2.

When viscous heating is present, the viscosity is locally
lowered. The measured viscosity is thercfore reduced. In lit-
erature, a Nahme number of 1 is seen as the limit [31].

2.5. Incompressible flow

The compressibility of the fluid flow has an effect on the
measurement of the viscosity. The model assumes the vis-
cosity is not a function of the pressure. Most fluids can be
considered incompressible. In reality, the pressure does
influence the viscosity, however, this effect is limited. The
pressure dependence of the viscosity for water at different
temperatures is presented in [32] and is —2.4 ;Pas MPa~! to
—0.25 piPa s MPa ™! for a temperature range of 0 °C-25 °C.

ranges of different viscometer
. T T

104 —
| Min flow rate Max flow rate
I
102 il
Max pressure Viscous heating
2 >~
o 10° -~
o =4
2
i)
3
-2 L
2107k _
Min pressure
104 -
Turbulence
10-6 L ! - L T
10° 10* 10° 10° 107

shear rate [1/s]
Figure 4. Example of the measuring range for a slit rheometer.

For lubricating oils the pressure dependence of the viscosity
is larger, but it may still be neglected at the low pressure levels
expected in the rheometers discussed in this study. The capil-
lary rheometers will be more influenced by this assumption as
they introduce a pressure difference to function, although, this
effect is still negligible.

2.6. Pressure/speed limits

The system requires sensors and actuation. These have their
limitations. These sensor maximum and minimum can be
translated into a maximum and minimum viscosity at a given
shear rate. These limitations create operation boundaries.
Similarly, the actuation will have a limit defining a maximum
and minimum attainable shear rate. Table 3 presents the
equations used to find the limits of the analysed devices. By
inserting the measuring range of the sensor in to the formula
a maximum and minimum measurable viscosity is calculated
for a given shear rate. By inserting the actuation range of the
actuator in to the formula a maximum and minimum attain-
able shear rate is calculated.

2.7 Comparison

Taking into account all the discussed limitations in the
previous sections, the working area of the measurement prin-
ciples can be predicted. This gives the ability to determine
the working range of different rheometer types. The free geo-
metrical variables are listed in table 4.

The goal of the analysis is to compare the working prin-
ciples to make a choice for the best design in a specific case.
Therefore, the measuring methods have to be linked together.
A way to do this is to match a characteristic dimension. In
this case the characteristic length should be related to the
shearing of the fluid. A re-occurring parameter in table 4 is
the gap height. By linking the height of the gap, a link is made
between the devices on the space where the shearing takes
place.
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Figure 5. Theoretical ranges of the measurement principles for a

gap of 35 pm.
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Figure 7. Working range of designed rheometer.

Table 6. Final pressures at different locations of the channel.

Table 5. Requirements.

Shear rate 10° s !
Magnetic field density 1 T
Repeatability 2 %
Accuracy 2 %

Figure 6. Channel design.

The gap heights of the parallel plate, concentric cylinder
and the slit capillary can be matched. This leaves the round
capillary. The round capillary can be matched with the slit
capillary through the hydraulic diameter, equation (9).

4 x Cross sectional area 2why

dy = .
g Wetted perimeter w+ hg

€)

As an example the measuring range is calculated for a
slit rheometer measuring kerosene, figure 4, with measuring
length: 1 mm, gap height: 50 pm, width: 0.5 mm, maximum
pressure: 4 MPa, minimum pressure: 10 kPa, maximum flow
rate: 25ml min~! and minimum flow rate: 100 I min~!.

In figure 4 the different limitations discussed in previous
sections are put together to define the theoretical meas-
uring range. Turbulence from section 2.2. Viscous hecating
from section 2.4. The maximum/minimum pressure and
shear rate from section 2.6. Depending on the geometrical
dimensions chosen the theoretical measuring range can be
determined.

The limits of each measuring principle as defined in sec-
tion 2 have been applied and the measuring ranges defined for
a common characteristic of 35 pum as defined in section 2.7.

Parameter Value (MPa)
Inlet pressure P, 4

Sensor pressure high Py 0.90

Sensor pressure low P, 0.15

w 500pum

Figure 8. Final dimensions of the channel.

An overlay of the theoretical ranges can be found in figure 5.
The fluid properties of kerosene are used in the measuring
ranges.

From figure 5 we can see that the capillary devices have
a slight advantage in mecasurement range. Morcover, both
capillary devices are less influenced by viscous heating. The
Nahme—Griffith number describes the viscous heating at a spe-
cific shear rate. Pressure driven flows have a varying shear rate
over their gap, where the shear rate is highest at the edges. For
concentric cylinder devices the shear rate is nearly constant
over the gap. When this shear rate is high enough to cause
viscous heating, the entire fluid is heating up. Additionally,
the capillary devices continuously introduce new fluid to the
system whereas the rotational devices reuse the fluid which
could already have been affected by viscous heating. Thus
intensifying the heating of the fluid. Lastly, capillary devices
have an advantage in the application of a homogeneous magn-
etic field due to the linear shape.

The capillary concept, therefore, best fulfils the require-
ments. Within this group, the slit capillary concept is chosen
due to the fact that producing rectangular microchannels is
more cost effective and can be done more consistently.
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Figure 9. Design assembled slit.

Figure 10. Exploded view of chip design in layers.

3. Design of measuring geometry

Firstly, the current commercially available and research
magnetorheometers are analysed. Secondly, the non-magne-
torheometers are analysed for their characteristics in order to
determine the requirements for a new rhcometer. The require-
ments can be found in table 5. These requircments arc set as a
target for the new design.

A slit capillary consists of three parts: the entrance length,
the measuring length and the exit length, figure 6.

The entrance length is needed to create a fully developed
flow and should be sufficient for the lowest viscosity fluid
targeted. The transition to turbulent flow on macro scale is
seen as a Reynolds number of 2300. In literature the trans-
ition phase for microfluidics is however still disputed. The
consensus is that it does not start before a Reynolds number of
1000 [33]. To accommodate the fluid entering and stabilising,
an entrance length is determined by equation (10) [34].

Lo _ 0.63
dp 1+ 0.035Re

The measuring length is 1 mm as this creates a measurable
pressure drop for low viscosity fluids while not requiring an
excessive feed pressure for higher viscosity fluids. The exit
length is 0.2mm. Increasing the exit length increases the
required inlet pressure. However, by extending the exit length
the magnetic fluid can be drained more easily from the channel.

Lastly, the gap height needs to be determined. A lower
gap height results in higher shear rates, lower viscous heating
and an increase in the required inlet pressure. The goal is to
measure rheological properties magnetic fluids. This means
the gap height must be large enough to allow the magnetic
particles through and form chains to create the magnetorheo-
logical effect.

+ 0.044Re . (10)
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Figure 11. Prototype working range limited due to used syringe
pump pressure limits.

The particle size for MR fluids are around 1 pm, therefore
a lower limit of 20 pm is set to allow for chains of more than
10 particles to form [35].

Through an iterative process of weighing the pressures
required to drive the fluid and the heat generation, a gap height
of 35 um was chosen. This results in the following measuring
range for kerosene, figure 7.

The maximum shear stress to be measured is tuned to
have a Nahme—Griffith number of 1 at 10® s~! which results
in a pressure at the entrance of the channel of 4 MPa, equa-
tion (11) [30]. The parameter values can be found in table 6
and figure 8.

AP_ 2(W+I’lsl)
AT ey an

The width of the channel has a lower limit. Edge effects of
the side walls are negligible when the width is at least 10 times
the gap height [36, 37]. The width of the channel has limited
effect on the range but determine the flow rate. By tuning the
width of the channel, the flow rate is adjusted to combine it
with the flow rate of the pump, equation (12).

2.
L (12)
6

The magnetic core was designed to apply a homogeneous
and uniform field over the microchannel. The choice was
made to use a symmetric design to create this homogeneous
field. The field has to be concentrated on the small area of
the channel. The size on the pole piece was made four times
as large as the channel dimensions. A 3D simulation of the
magnetic field showed negligible variation of the field den-
sity over the microchannel. The coil geometry was determined
using the magnetic reluctance [38]. The final parameters used
can be found in table 6 and figure 8. The design of the core is
presented in figure 18.

The simplest design would be to have the pressure sensors
directly next to the channel, however, due to the magnetic
core which surrounds the channel, there is limited space.
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Figure 12. Silicon master.

Figure 13. Assembled press.

Therefore, sensor channels are created, figure 9. The sensor
channels have to be much wider than the channel in order not
to create significant pressure drop to the pressure sensors.

The final design can be seen in figure 10 with the layers
numbered. This results in a multi layered design where in
the second layer the sensor channels are cut out. The third
layer seals the sensor channels and allows for connectors to
be mounted. A forth layer is added to create more connecting
length for the connectors and make them more robust.

To show the functioning of the designed rheometer, a
prototype is manufactured. This prototype uses a syringe
pump with a maximum pressure of .67 MPa and a maximum
flow rate of 25.99 ml min~!. This limits the measuring range.
The range can be seen in figure 11.

The range in figure 11 is limited by the syringe pump used,
however, does reach the desired high shear rates.

4. Fabrication

For the fabrication of the entire device 3 subsystems have to be
built. Firstly, the microchannel itself. Secondly, the magnetic
system and finally the external systems such as data acquisi-
tion and the pump.

Figure 14. Embossed PMMA.

4.1. Microchannel fabrication

The fabrication of the micro device is complicated. Most
micro devices are made through a chemical etching process,
however, this is expensive and time consuming. In micro-
fluidics, hot embossing techniques have been developed for
quick prototyping [39]. Hot embossing uses a master design
to press features into a plastic substrate. This process has been
chosen in order to make devices in a cost effective manner.
The substrate material chosen is Poly(MethylMethAcrylate),
(PMMA). PMMA was chosen as it is a cheap material, has
a high stiffness, is transparent and easily moulded [40]. The
fabrication process for the chip consists of five steps.

1. Master production
2. Hot embossing

3. Flattening

4. Bonding

5. Final assembly

4.1.1. Master production. A laser etching machine is cho-
sen to etch the master design in silicon. The laser is a Spectra
Physics Q-switched Talon laser 355-15 with maximum out-
put of 15W at 50kHz repetition frequency and with 13 W at
100kHz. The maximum frequency is 500kHz with a pulse
width of 35 ns. Different laser patterns and rotations have
been tested to optimize the height differences created by the
laser path. The best result was obtained by laser etching the
silicon with a 5 pum line spacing in a net pattern. The etch is
repeated once with a 45° rotation of the net ctching pattern. A
firing rate of 20kHz with a laser speed of 20 m s ! was used
[41]. The produced master is cleaned in Isopropanol with an
ultrasonic cleaner for half an hour, then spincoated with a anti
stiction monolayer, EVGNIL ASL for releasing the PMMA
after the embossing process, figure 12.

4.1.2. Embossing. The master is placed in a mechanical press
and covered with a piece of 1 mm thick PMMA cut into the
shape of the chip design. The PMMA is covered with a silicon
wafer to improve the surface roughness of the counter surface.

The assembly is clamped between two sheets of aluminium
and two cast steel plates and tightened by four bolts, figure 13.
The bolts are hand tightened and the assembly placed in an
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Figure 15. White light interferometry images of PMMA surface
before (a) and after (b) the flattening process. (a) Before flattening.
(b) After flattening.

oven preheated to 145 °C for 20min. The bolts are then tight-
ened with a torque wrench to an overall pressure of 0.9 MPa.
The assembly is left in the oven for 20 min, then slowly cooled
to 110 °C in about 20min. The pressure is removed and the
press is disassembled. The master is separated from the
PMMA and left to cool to room temperature. The temperature
and pressure are sketched in figure 17 as the solid lines. The
embossing procedure is taken from [42] and adapted through
trial and error to get the best results for the used equipment.
The embossed PMMA can be seen in figure 14.

4.1.3. Flattening. The uneven surface on the PMMA, due to
the laser etched surface, is subjected to flattening stages. As
a result of these steps, the bonding is improved and a sealed
microchannel is obtained. The PMMA is put in between two
layers of silicon and assembled in the press. A pressure of
0.57MPa is applied. The assembly is put in a preheated oven
at 110 °C for 55min and then cooled under pressure to room
temperature. The improvement of the bonding surface can be
seen in figure 15. The flattening process does have an effect on

Temperature oven in [C]
[e:]
o
I
I
=T

@
=)

T T T
—_—

Figure 16. The assembled chip.
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Figure 17. Embossing, bonding and chemical bonding process
parameters. Temperature in the oven and pressure on PMMA

against time.

Figure 18. Fabricated core.
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Figure 19. Magnetic field strength curve at microchannel in air.

Figure 20. Test setup.
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Figure 21. Typical measurement of pressure against time at
different flow rates with deionized water.
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Figure 22. Viscosity of deionized water at high shear rates.

the channel geometry. Due to the temperature and pressure the
channel swells slightly.

4.1.4. Bonding. The bonding step is similar to the embossing
step but requires a lower temperature to inhibit deformation
of the geometry. Layers 2, 3 and 4, figure 10, arc aligned and
assembled in the press. For a smooth counter surface, sili-
con wafers are placed on either side. The press is tightened
to 0.57MPa and placed in an oven preheated to 110 °C. The
assembly is left in the oven for 90 min and then slowly cooled
to room temperature. The pressure is removed and the press
is disassembled.

The bond of the embossed PMMA to the bonded layers
2-4, figure 10, is done chemically [43]. A solution of 70%
Isopropanol is distributed on top of the embossed PMMA.
The remaining layers placed on top. The assembly is pressed
together and the excess solution is removed. While under
slight pressure the layers are aligned using alignment tools.
The press is hand tightened and placed in a preheated oven
of 68 °C. The press is left for 15min. The press is removed
and slowly cooled to room temperature. Once cooled the pres-
sure is removed. The temperature and pressure are sketched
in figure 17 as the striped lines and dotted lines as thermal
bonding and chemical bonding respectively. The final assem-
bled chip can be scen in figure 16.

4.2. Magnetic system

A magnetic core has been designed to apply the 1 T field on
the microchannel. The corc has been fabricated from St37
stecl. The core has been designed as a layered design to be
able to laser cut and assemble the core. The coils have a diam-
eter of 30 mm and are wrapped with 400 windings of 0.55mm
diameter magnetic copper wire. The gap is 3mm to allow for
the microchannel to be placed in between. The fabricated core
can be seen in figure 18.

The magnetic behaviour has been characterised at the loca-
tion of the microchannel using a Gauss meter. The current has
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Figure 23. Viscosity of Shell Tellus S2 VX15 at high shear rates.
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Figure 24. Viscosity of magnetic fluid with different magnetic
fields at a constant shear rate.

been varied from —3 A to 3 A whilst measuring the magnetic
field density, figure 19.

4.3. Final assembly

The PMMA assembly needs to be connected to the supply
pump and sensors. The connectors are adapted Festo straight
barbed 3 mm connectors. One side is filed down to 3 mm diam-
eter. The connections are glued in place with Bison plastic
epoxy. The Festo piping connects the PMMA to the pressure
sensors and the syringe pump. The test setup can be seen in
figure 20.

4.4. Sensors and data acquisition

The pump being used is a Kd Scientific Legato 111 double
syringe programmable infusion and withdrawal pump. The
syringe used is a 10ml plastic Terumo syringe. The pump
has a maximum flow rate with this syringe of 25.99 ml min~!
which is sufficient to reach shear rates over 10° s~ !,
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Figure 25. Misalignment influencing the measured low pressure.

5. Measurement procedure

Figure 21 shows a typical measurement. The measurement is
started in steady state with zero flow. By taking 100 samples
points a zero measurement for the sensors is made. After
these, a starting flow rate is applied. Once the measured pres-
sure has reached a steady state the flow rate is increased. This
process is repeated until the syringe is empty. As the flow is
stopped the pressures quickly return to their zero value.

The measured pressurcs and flow rates are converted into
shear stresses and shear rates through the geometrical model,
cquations (11) and (12), respectively.

6. Results

6.1. Preliminary test

The scal of the microchannel is tested through two simple
tests. Firstly the chip is submerged in water for a leak test. Air
is pressed into the channel through a syringe. The air bubbles
appearing show the flow of air and the leakages.

In the second test water is pressed into the chip with a syringe.
The meniscus moving through the chip can be perceived,
showing that the fluid does not flow in between the layers.

6.2. Results

The results are plotted in figures 22-24.

6.2.1. Deionized water. The resulting viscosities at different
shear rates are compared to the viscosity of deionized water at
21.8 °C, 0.96 mPa s [44]. The maximum shear rate measured
was 1.16 x 10° s~!. Higher shear rates were not measured as
the pump engine stalled.

The chip was cleaned and filled with Shell Tellus S2 VX15.
The resulting viscosities can be seen in figure 23. The expected
viscosity is taken from the data sheet provided by Shell. The
expected viscosity is 23 mPa s. The measurements from the
Anton Paar rheometer have been added.

Lastly, Ferrotec EFH1 has been measured to show the
magnetorheological effect. The relation between magnetic
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Figure 26. Entrance restriction, channel swelling in red,
misalignment in blue.
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Figure 27. High pressure response to flow rate step increase.

field and the current steps was measured to be able to trans-
late the current into magnetic field density. In figure 24
the flow rate was kept constant over the entire measure-
ment, 1.8 x 10* s~!. The current was increased in steps and
then reduced. The resulting pressure rise translates into
an increase in viscosity, showing the magnetorheological
effect. The resistance to flow has increased due to the mag-
netic field.

7. Discussion

Firstly, a measuring principle was determined. After a com-
prehensive comparison of pertinent rheometer concepts, the
slit capillary rheometer was selected as the most promising
concept. It was chosen because of its high measuring range
compared to other rheometer types, the simple application of
the magnetic field and its low viscous heating effects. This
concept was further developed into a detailed design for a
prototype. Fabrication techniques were found and used to
build the prototype. The resulting prototype succeeded in
measuring deionized water, figure 22, Shell Tellus S2 VX15
oil, figure 23, and Ferrotec EFH1 and showed the magneto-
rheological effect, figure 24.
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Figure 28. Deformation of the syringe due to high pressure in the
system.
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Figure 29. XZ view of T13P1 showing the channel swell.
71. Low pressure sensor

In the prototype a misalignment was introduced, effectively
reducing the exit length of the slit. The misalignment is cre-
ated during the chemical bonding of layers 1 and 2, figure 10.
A closer look at the misalignment is given in figure 25. The
exit length was dimensioned to be 0.2 mm but is measured to
be 0.02mm. This results in reduced pressures measured at the
sensors. This brings the measured signal at the low pressure
sensor in the noise range. The misalignment can be prevented
by adding alignment features to the design. The results in this
paper have been corrected for this error by using the actual
exit length, not the designed exit length.

72. Experimental setup

72.1. Maximum shear rate. The maximum shear ratc mca-
sured is 1.16 x 10°s !, figure 22. No higher shear rates were
measured as the syringe pump motor stalled. This means the
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maximum pump pressure was applied to the chip. The expected
pressure at the entrance for the maximum shear rate measured
is 0.44 MPa, whereas the maximum pressure produced by the
pump is 0.67 MPa. This means this pressure is lost between
the pump and the sensors. Further analysis revealed that this is
caused by a restriction in the channel entrance. The restriction
has two sources: the channel swelling in the flattening stage
and the misalignment between layers 1 and 2, figure 10.

As layer two is closer to the swelling of the channel (blue in
figure 26), the entrance becomes much smaller than designed
and causes an increased pressure drop. The swelling of the
channel could be prevented by removing the flattening stage,
section 4.1.3. This means improving the master such that the
bonding surfaces are smooth. The swelling at the entrances
does not affect the accuracy of the measurement but restricts
the maximum shear rate reached with the maximum pressure
of the syringe pump.

72.2. Response time. As astep in the applied flow rate is ini-
tiated, a delay (d) is noticed in the pressure response. After this
delay the pressure rises steadily and stabilises to a pressure,
figure 27. The delay is primarily caused by air bubbles in the
syringe. The air in the syringe is compressed as the pressure
increases, reducing the applied flow rate temporarily. After
this initial delay the measured pressure increases, although
not instantly as the incompressibility assumption would sug-
gest. The slow response, (fresponse), 1S caused by the type of
pressure sensors used. The sensors have a membrane which
deforms due to the applied pressure. The deformation is mea-
sured and converted into a pressure. Due to the incompress-
ibility, the deformation of the membrane means an increase
in the volume in the sensor channel. This volume has to be
filled with fluid from the measuring channel to incrcase the
measured pressure. The limited access to the measuring chan-
nel creates a flow restriction which causes the slow response
of the measured pressure.

The delay can be prevented by draining the air bubbles
from the system before measuring. The pressure response can
be accelerated by having smaller measuring membranes in
the sensors or increasing the stiffness of the membrane. This
reduces the volume flow required for the pressure to increase.
A further improvement would be to reduce the restriction to
the measuring channel.

72.3. Blockages. Some measurements failed due to block-
ages in the microchannel. It is critical to keep the system clean
as the microchannel is a mere 30 pym in height. This issue
was encountered with the first measurement using magnetic
fluids. Due to the misalignment and swelling of the channels
the effective gap was reduced significantly at the entrance.
The entrance became blocked by the particles bridging across
the channel [45]. The blockage increased the pressure drasti-
cally at the entrance causing a leak of the chip. The entrance
geometry can be improved to reduce the formation of particle
bridges. The tapered entrance strengthens the bridges that are
formed. Therefore a sharp entrance is preferred.
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72.4. Syringe. Due to the high flow rates required and the
restriction in the flow path, the maximum force is applied to
the syringe. After the high shear measurements it was per-
ceived that the syringe had deformed due to the applied force.
The fixation of the syringe pump is not able to hold the syringe
in place, figure 28.

This results in a slightly lower flow rate being applied to
the chip which means lower pressures are being measured.
During the data processing this results in lower viscosity due
to the flow rate used in calculation is higher than in reality.
The deformation can be prevented by using stainless steel
syringes, creating a custom fixation for the syringe pump or
using a different pumping concept.

72.5. Sensor zeroing. Before each measurement the pres-
sures at zero flow rate were measured. The data is corrected
during the data processing for the non-zero pressure at zero
flow. The non-zero values are due to the gravitational force of
the fluid in the connection tubes to the sensors and the offset
of the sensors. However, due to the restriction in the sensor
channels and surface tension of the measured fluid, the pres-
sure did not always reach the true zero pressure value. The
sensor channels were able to keep an over or under pressure.
Once the flow was initiated the flow would correct itself.

72.6. Gap height. The gap height is only known before the
chemical bonding. As the channel swells about 2 ;sm, the exact
gap height is slightly varying over the channel, figure 29. The
gap height is therefore slightly altered to fit the deionized water
measurements. The alterations are less than 2 pm. Once the
parameter is set it is not altered for any other measurement.

73. Discussion measurements

The highest deviation for the water measurement after geo-
metrical corrections is less than 8% for deionized water and
Shell Tellus VX15 oil. The maximum shear rate measured is
1.16 x 10° s~!. The measurements with Ferrotec EFH1 show
the device is able to measure the magnetorheological effect.
This means that this prototype can be expanded into the mea-
suring of larger particle magnetic fluids at high shear rates. To
be able to perform these measurements some improvements
will be necessary. Currently the system is not strong enough
to withstand the pressures involved with measuring MR fluids
at high shear rates as the viscosity of MR fluids are higher.

8. Conclusions

From the physics based analysis of the measuring principles, it
follows that capillary devices have an advantage in measuring
magnetic fluids as they can reach higher shear rates while at
the same time simplifying the application of a magnetic field.
The measurement has a maximum deviation of 8% compared
to the true viscosity. The viscosity is measured to a shear rate
range of 10*s71-1.16 x 10°s~ 1.
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The measurement on the magnetic fluid clearly show the
influence of the magnetic field on the rheology of the fluid.
More experiments should be performed with the designed
rheometer on magnetic fluids to fully capture the potential of
the device.

The final conclusion of this paper is that we can say that we
have successfully designed and built a prototype of an ultra
high shear rheometer capable of measuring magnetic fluids
and a range of 10* s~ 1-10° s~ 1.
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