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1
Introduction

1.1. Background and Motivation
Industrial processes are estimated to be responsible for about 20 % of the total greenhouse gas emis-
sions within the European Union (EU) [1]. On a global scale also, greenhouse gas emission reduction
potential in the industrial sector has been identified as the second largest, after the energy sector, es-
timated to be a total of 5.4 GtCO2eq in 2030 [2]. As per Eurostat, the total energy consumption for the
industrial sector in European Union countries (EU-28) alone was 2950 TWh/year for the year 2019 [3].
The industrial sector mainly utilizes energy in two forms: thermal energy and electricity. As shown in
Figure 1.1, derived from [1], the majority of the demand is in the form of thermal energy, which accounts
for roughly 81% of the total energy requirement. This required thermal energy is categorized into four
broad categories based on end-use applications. Among these categories, process heating accounts
for 66 % of the total thermal energy demand. Around 78% of this energy demand is currently met by
using fossil fuels, with natural gas and coal being the most used. Due to this high dependence on
fossil fuels, the estimated CO2 emissions, only to satisfy the required process heating demands of the
industrial processes, were found to be around 552 Mt/a for the year 2019. This clearly indicates the
need to make radical changes to achieve net-zero CO2 emissions in the industrial sectors while still
achieving the required energy demand.

In this regard, the utilization of waste thermal energy from industrial processes has been identified as
a key element of the industrial energy supply‘s decarbonization strategy [1][4]. A definition of waste
thermal energy as a resource is defined by Bendig et al. [5] as, “exergy that unavoidably leaves a
process or is lost within it, independent of the technological choices made within the process”. Effec-
tive recovery of the waste thermal energy has been estimated to provide savings in energy demand
ranging from 5 to 30 %, depending on the specific industry [4][6]. To exploit the potential of the waste
thermal energy, which is otherwise rejected from a process, electrically driven heat pump technology
has been identified as one of the promising technologies in recent times [7][8]. In its simplest form, a
heat pump system has a similar thermodynamic cycle as a household refrigerator. It supplies the ther-
mal energy at higher temperature levels while using the energy available at lower temperature levels.
Thus, essentially “pumping” the thermal energy from a low temperature to a high temperature (hence
the word heat pump) while using electrical energy as the input. The type of work input is not restricted
to electrical energy and can differ significantly based on the type of the system used [9]. An example
of the implementation of a simple heat pump integrated process is shown in Figure 1.2. The amount
of the thermal energy demand met by the heat pump will vary based on the process characteristics
and the type of heat pump used. Apart from improving the overall energy efficiency of the processes,
the use of heat pumps also reduces fossil fuel consumption and thus reduces the associated green-
house gas emissions. Heat pump systems driven by electrical power can also lead to a net carbon
zero technology as a higher share of renewable electricity is expected in the near future [10][11].

1



2 1. Introduction

Figure 1.1: Breakdown of the total energy demand by the EU industries [1]

Figure 1.2: Simplified illustration of heat pump integrated thermal energy supply. Adapted from [1]

To assess the potential use of heat pumps in a specific industrial sector, twomain factors need to be con-
sidered: the amount of available waste thermal energy and the associated temperature levels, as well
as the required energy demand and the corresponding temperature level. Estimating available waste
thermal energy potential in different industrial sectors is complicated because it is highly dependent on
the specific process setup. Thus, the waste thermal energy source characteristics vary significantly in
terms of temperature level, continuous availability, or composition. As a result, quantifying the related
potential on a global scale or even on an industrial scale is challenging [12].

Several recent reports estimate the potential of waste thermal energy in industry, focusing on policy
and energy efficiency aspects [6][13]. All of these reports aim to quantify the available waste thermal
energy that can be reused in the process through different technical solutions. The focus of these
reports differ in terms of geographical area coverage, for e.g. United Kingdom [14], Germany [15], EU
wide [16][17][18].

One of these studies, [17], tried to estimate the waste thermal energy potential by investigating different
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temperature levels within different industrial sectors. As per this study, the primary energy consumers
within the temperature interval of 100∘-200∘C are food, paper, and non-mineral industries, and they
account for roughly 2/3 of the total energy consumption. Assuming a constant COP value, this study
estimated the possible energy demand coverage by heat pumps for different industrial sectors. Fig-
ure 1.3 shows the obtained results, considering the available waste thermal energy in the temperature
interval 100∘-200∘C. As can be observed from the figure, there is a high potential for high tempera-
ture (100∘C or higher) heat pumps to reduce the energy consumption demand. Non-metallic mineral,
paper/pulp, and food industries were found to be the most promising, considering the absolute magni-
tude of the process heating demand covered. However, the non-ferrous metal industry was the most
promising in terms of percentage coverage. Based on this study, the total potential of heat pumps
for the EU industries was estimated to be around 102 PJ. However, in this study, only aggregated
values for process heating demand and waste thermal energy availability per sector and temperature
range are provided. This makes it impossible to identify the specific process conditions which exhibit
maximum potential for heat pump technology.

Figure 1.3: Estimated process heating consumption coverage by the heat pump systems, per industrial sector within EU, for
the temperature interval 100-200 ∘C [17].

Another study [18] provided a similar estimate for the heat pump potential, but in this case, using the
actual process data rather than estimating the overall cumulative values, thus, following a so-called
“bottom-up” approach. This approach is more accurate as it can provide direct information about heat
pump integration into the most promising processes while highlighting the overall potential of a certain
sector. A drawback of this approach is that only a subset of all the processes was considered within
each industry. The results obtained using this approach for the waste thermal energy and the process
heating demand are provided in Figure 1.4. Similar to the previous study’s findings, a high amount
of waste thermal energy potential for the paper and food industries is observed. Further, using the
individual process information, the integration of heat pumps into the processes and the corresponding
savings were also estimated in this study. The results of the estimated potential coverage are also
shown in Figure 1.4. The highest coverage is observed for both the chemical and paper industries.
The potential for the refinery industries is very low despite a large amount of waste thermal energy.
This is mainly because the required temperature level of the processes is usually greater than 500∘C,
which is infeasible to reach for heat pump technology. Further, this study also estimated the required
thermal power capacities of the heat pump systems needed to cover the estimated demand. Figure 1.5
shows this distribution of required capacities. The majority of the heat pump systems (around 88 %)
were found to be in the capacity range of less than 10 MW.

Both of these studies ([17], [18]) also highlight the potential of high-temperature heat pumps (> 100∘C)
in terms of energy demand coverage and greenhouse gas emission reductions. Similar conclusions
are also supported by another study [1], which highlights that for temperature levels up to 100 ∘C,
heat pump technology can provide coverage up to 11% of the total process heating demand in EU
industries (equivalent to about 222 TWh/a) for a potential reduction in CO2 of about 51 Mt/a. However,
if the temperature ranges up to 200∘C is also included, the coverage potential increases to 37% of the
total heating demand (equivalent to about 730 TWh/a). This corresponds to a possible reduction of
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Figure 1.4: Industrial heat pump market potential for EU industries. Based on data from [18]

Figure 1.5: Estimated distribution of the required heating capacity for the heat pump systems [18].

CO2 emissions of about 146 Mt/a. The most promising sectors, in this case, become the paper and
pulp, chemical, and food industries.

Another recent study [19] highlighted the potential of heat pump technology for the industrial thermal
energy supply in Germany to comply with the climate goals set by the EU. The findings of the study
are shown in Figure 1.6, where the trend of CO2 reduction along with the required energy drivers
(renewable energy and energy efficiency) are highlighted. The two dotted lines indicate the required
target level based on different climate protection scenarios [19]. The findings presented show the vital
role of heat pump technology in the coming years to achieve the net-zero targets, aligning with the
results of the previously mentioned studies.

As per the current state of the art, the heat pump technology can effectively operate up to a temperature
range of 100 ∘C [20][21][8], with a few demonstrated applications in the range of 120∘-160∘C [8]. How-
ever, different studies are being conducted to increase the operating range and improve the achievable
temperature lift [22][23][24][25]. Most of these investigations are research projects to develop specific
technological components for high-temperature feasibility. However, only a limited number of stud-
ies are focused on assessing the feasibility of different cycle designs for the high-temperature range
(>150∘C) [26]. Such studies are vital to understand which cycle configurations and refrigerant choices
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Figure 1.6: (a) Trend of greenhouse gas emissions by German industries, highlighting the causes and improvement drivers (b)
Different strategic scenarios based on climate protection scenario 80 & 95 (CS 80 & 95) [19].

can provide the best solution for the considered metric of interest.

Motivated by this research gap, the current project aims to provide details about the characteristics of
different heat pump configurations for different temperature levels (>150 ∘C). The focus of the investi-
gation is to highlight the difference among different configurations in terms of maximum thermodynamic
performance and the design requirements for the different sub-components. The results obtained from
this study are expected to provide relevant information about which heat pump configurations can be
considered for high-temperature applications (>150∘C) and what are the associated challenges.

1.2. Project Overview
Figure 1.7 provides an overview of the different steps followed to define the project scope and the
main research objectives based on the research gap found. Firstly, a literature review is conducted
regarding the different possible heat pump categories. As a part of this review, the feasibility of different
configurations at high-temperature conditions (> 150∘C) is also assessed. Based on the findings of
the literature exploration, the two most promising categories were selected, and the main research
questions for the project were established. The details of all these steps leading up to the project
scope and objectives are provided in Chapter 2. The remaining chapters provide details of the steps
followed to answer the derived research questions. An overview of these steps, defining the structure
of this report (from Chapter 2 onward), is also provided in Chapter 2.
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Figure 1.7: Project overview flow-diagram.



2
Potential High-Temperature Heat Pump

Technologies - Literature Review

The literature review’s main focus was on exploring and comparing possible heat pump technologies
for high-temperature operating conditions. The definition of this ”high-temperature” varies across the
literature, depending upon the application. For the current study, the focus is on the heat pump (HP)
systems capable of utilizing the low-temperature source (around 100∘C) to achieve sink temperatures
greater than 150∘C.

2.1. Thermodynamic Performance Indicator
In terms of performance evaluation, the coefficient of performance (COPh) is a parameter widely used
to indicate the thermodynamic performance of a specific heat pump system [27]. COPh indicates
the amount of thermal energy provided at the sink with respect to the provided work input. Thus, a
high value of the COPh for a specific HP system indicates better profitability and techno-economic
competitiveness under the given operating conditions. The quantification of this parameter is shown
inEquation (2.1). For the current study as well, COPh is used as the primary indicator to quantify the
thermodynamic performance of a specific heat pump system.

COPh =
Amount of useful thermal energy supplied at sink

Amount of work input required = 𝑄̇sink
𝑊 (2.1)

2.2. Overview of Different Technologies
In literature, there are many heat pump configurations and design options that can achieve the desired
operating conditions and provide the required temperature lift. This section provides detail about the
different types of heat pump technologies explored in this study.

As a first step, the different heat pump options were categorized. The type of categorization can vary
based on the operating cycle, use of refrigerant, heat-driven vs. electrically driven, etc. However, for
the current study, the categorization shown in Table 2.1 is used.

Table 2.1 provides a generic overview of the different types of heat pump design options available in
the literature. This implies that within each category, there are numerous configurations/design options
available. The following sections provide a detailed overview of the studied literature with respect to

7
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these categories, along with a general explanation of the working principle of each category.

Table 2.1: Categorization of heat pumps used for this study.

Category Description

Reverse Rankine cycle based Heat Pumps
These configurations require the use of a refrigerant, which
undergoes phase change during the operation.

Reverse Brayton cycle based Heat Pumps
These configurations require the use of a refrigerant, which
remains in the vapor phase at all times during the operation.

Solid State Heat Pumps

This category includes the heat pumps that do not
require mechanical compression 1 and instead are based on
energy exchange due to electrocaloric, or magnetocaloric effect.

Thermally driven Heat Pumps This category includes the heat pumps based on
absorption/adsorption phenomenon.

2.3. Reverse Rankine cycle based Heat Pumps
Heat pumps based on the reverse Rankine cycle are one of the most commonly used types of heat
pumps [28]. Based on the type of application and operating conditions, there are many different types
of configurations possible within this category. For the simple cycle configuration, the heat pump has
essentially four main components: an evaporator, condenser, compressor, and expansion valve. The
corresponding thermodynamic cycle is shown in Figure 2.1. This is also known as the vapor compres-
sion cycle (VCC).

Figure 2.1: Simple vapor compression cycle (single stage, no superheating/subcooling and using 𝐻2𝑂).

As can be observed from the figure, there are four main processes in this type of heat pump, namely,
evaporation, compression, condensation, and expansion. Firstly, the energy is taken by the refrigerant
from the heat source, which then evaporates. The vapor is then compressed to increase its temperature
and pressure by providing external work to the system. Next, the compressed vapor enters the con-
denser, where the fluid undergoes condensation. Further, this saturated liquid is expanded through
an expansion valve to reduce its temperature and pressure. Finally, the expanded fluid enters the
evaporator, closing the cycle.

1Some of the possible system configurations do use a heat transfer fluid instead to implement regeneration, which requires a
pumping system.
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The above-shown cycle is the most straightforward theoretical cycle for this type of heat pump. To
increase the efficiency of the reverse Rankine cycle technology, a wide variety of options are available,
ranging from changing refrigerant and type of components to the overall cycle configuration itself. Fo-
cusing mainly on the high-temperature applications, Table 2.2 shows the different vapor compression
heat pumps available in the market.

Table 2.2: Reverse Rankine cycle based high-temperature heat pump systems available in the market (Compiled using data
from [8]).

Company Heat Pump ID Type of Refrigerant Maximum Sink
Temperature [∘C]

Maximum
Capacity [kW] Compressor Type Reference

Kobe Steel SGH 165 R134a/R245fa 165 660 Twin screw [29], [30]
SGH 120 R245fa 120 370

Vicking Heating Engines AS HeatBooster S4 R1336mzz(Z)/R245fa 150 188 Piston [31]

Ochsner IWWDSS R2R3b R134a 130 750 Screw [32],[33]
IWWDS ER3b R245fa 130 750

Hybrid Energy Hybrid Heat Pump R717/R718 120 2500 Piston [34]

Mayekawa Eco Sirocco R744 120 90 Screw [35],[30]
Eco Cute Unimo R744 90 110

Combitherm HWW 245fa R245fa 120 252 Piston [36],[37]
HWW R1234ze R1234ze(E) 95 1301

Durr thermea Thermeco2 R744 110 2200 Piston [35]

Friotherm Unitop 22 R1234ze(E) 95 3600 Two stage Turbo [38],[39]

Star Refrigeration Neatpump R717 90 15000 Screw [40]

As can be observed in the table, most of the heat pump systems have amaximum sink temperature well
below the desired temperature for the current study (200 ∘C). As per one report from Energieonderzoek
CentrumNederland (ECN) [41], for reverse Rankine cycle based heat pumps, the technology readiness
level (TRL) is 9 up to 90 ∘C. However, for temperatures above 160 ∘C, the TRL is 5. This explains why no
one reaches high temperature levels in the market products listed above. Nonetheless, it is interesting
to look at the COPh values of these heat pumps as a function of temperature lift (difference between
sink and source temperature, denoted by Δ𝑇lift). This is shown in Figure 2.2, as derived from [8].

Figure 2.2: COPh variation as a function of temperature lift for various industrial high-temperature heat pumps [8].

As can be observed from the figure, with an increase in Δ𝑇lift, there is a sharp decrease in the perfor-
mance parameter of the heat pump. This also indicates the issue related to high-temperature applica-
tions, like those studied in this project, where the range of Δ𝑇lift considered is around 100-150 K. Based
on Figure 2.2, it is clear that with the current state-of-the-art products, achieving such high-temperature
lifts would lead to very low COPh values and thus high input power requirements.

However, in recent years, many ongoing research projects have focused on improving vapor compression-
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based systems to have higher performance values at high-temperature conditions. These projects in-
volve innovative modifications of conventional vapor compression systems. Some of such projects are
summarized in Table A.2. Based on the findings of these research projects, it is clear that there is a
wide range of options to achieve a better performance value for vapor compression cycle-based heat
pumps at high-temperature conditions. Qualitatively, based on the data shown in the Table A.2, for
high sink temperatures around 160 ∘C and Δ𝑇lift of about 70 K, COPh is in the range 2.5-3.

2.4. Reverse Brayton cycle based Heat Pumps
The working principle of the reverse Brayton cycle-based heat pump is similar to that of vapor com-
pression cycles. The main difference lies in the fact that the heat transfer at both the source and sink
sides does not occur at a constant temperature. The working fluid for this cycle configuration, thus,
always remains in the vapor state. Because of this reason, during expansion, a certain amount of work
can be recovered using the turbine to increase the cycle performance. Figure 2.3 shows a schematic
of a simple single-stage reverse Brayton cycle based heat pump system, using CO2 as working fluid.

Figure 2.3: Single stage heat pump system based on reverse Brayton cycle (using CO2).

In the past, the use of reverse Brayton cycle based configurations has always been very limited for both
cooling and heating purposes because the thermodynamic performance for these cycles is found to be
inherently lower than the reverse Rankine cycle based configurations [42]. For reverse Brayton cycle
based configurations, the amount of turbomachinery work per unit of heat output is higher than the one
obtained for the reverse Rankine cycle based configurations, which results in lower thermodynamic
performance for reverse Brayton cycle based heat pump [42]. Due to the condensation of the working
fluid in reverse Rankine cycle based configurations, low values of specific volume are obtained, which
results in lower turbomachinery work requirements per unit of heat output. For the case of the reverse
Brayton cycle, lower specific volumes can also be achieved by compressing the fluid close to the
critical region. When operating the cycle under such conditions, the thermodynamic performance is
found to be comparable to that of reverse Rankine cycle based configurations [26][43]. Therefore, high
COPh is achieved only when the operating conditions cover a particular region of the state diagram.
With recent developments in the design of turbomachinery components, high-pressure near-critical
region conditions are feasible for different working fluids, which makes the reverse Brayton cycle based
systems very promising.

Similar to the case of the reverse Rankine cycle, the performance values of Brayton-type heat pump
systems reported in the literature (both commercial and theoretical) for high-temperature levels were
gathered, and they are reported in Table 2.3. In the table, the value of temperature lift is defined as
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the difference between the maximum thermal source and minimum thermal sink temperatures. Very
limited studies were found for high-temperature conditions. Most of them focused on low-temperature
applications like water cooling, space heating, and cryo-cooling [44][45][46][47]. For high-temperature
conditions, no experimental/commercial data was found. Thus all the values reported in Table 2.3 are
the outcome of numerical studies. For the Brayton-type heat pump systems, higher sink temperature
values were found, as these are not feasible for the reverse Rankine cycle due to the high-pressure ratio
that they would entail. Defining amaximum feasible pressure limit is critical for the reverse Brayton cycle
based systems due to the high values of minimum pressure level. Different studies have highlighted
different feasible limits for this maximum operating pressure, ranging from 140 to 300 bar [48][49][50],
depending on the selected techno-economic constraints.

Table 2.3: Overview of the studies related to reverse Brayton cycle based high-temperature heat pump.

Author Type of System Refrigerant Maximum Sink
Temperature [∘C]

Temperature
lift [∘C] COP Reference

Huang R. et. al.
(2022) Two stage with refrigerant injection CO2 157.1 87.1 2.85 [46]

Mahdi Z. et. al.
(2022) Single stage 𝑁2 560 175 1.8 [51]

Kousidis V. et. al.
(2019) Single stage with recuperator CO2 360 - 1.43 [52]

Zuhlsdorf B. et. al.
(2019) Single stage with recuperator CO2 290 187.5 1.72 [26]

Kousidis V. et. al.
(2019) Single stage with recuperator CO2 300 - 1.5 [52]

Farres-Antunez P. et. al.
(2019) Single stage with recuperator 𝑁2 565 165 1.58 [53]

Zuhlsdorf B. et. al.
(2019) Single stage with recuperator CO2 217.5 175.2 1.61 [26]

2.5. Solid State Heat Pumps
The second category of explored heat pump technologies includes electrocaloric and magnetocaloric
heat pumps. In this case, the work supplied to the system is used to initiate/amplify the temperature
variation in the material due to the electrocaloric or magnetocaloric effects. In recent years, these heat
pumps have been explored further, mainly because they do not require any moving parts or harmful
refrigerants and can significantly decrease the global warming potential (GWP) or ozone depletion po-
tential (ODP) [9]. Their initial exploration was for home heating/cooling applications, as these generally
involve a small temperature difference between the source and sink temperature. However, with the im-
mediate need for emission reduction, these technologies are also being explored for high-temperature
applications [54].

Based on the underlying working phenomenon, it is possible to distinguish between two main types of
heat pumps:

1. Magnetocaloric Heat Pumps

2. Thermoelectric Heat Pumps

The basic principles of both these technologies and the current research for high-temperature applica-
tions are presented in the following sub-sections.

2.5.1. Magnetocaloric Heat Pumps

The magnetocaloric Heat Pumps (MHP) are based on the magnetocaloric effect, namely the ability of
a solid substance to get heated up when it is magnetized and cool down when the external magnetic
field is removed. This interesting property has been used extensively in the industry, especially for
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cryogenics, since its discovery in 1997. In an analogy with conventional VCC, this ability of the mate-
rial to undergo a temperature change as a result of magnetic field change can be compared with the
compression/expansion of the refrigerant in conventional VCC.

From a thermodynamic point of view, this effect is directly related to the entropy changes of the mag-
netocaloric material used in the system. The entropy of a ferromagnetic material can be written as
shown in Equation (2.2) (at constant pressure). In Equation (2.2), 𝑆m(𝑇, 𝐻) , 𝑆lat(𝑇) and 𝑆el(𝑇) de-
scribe the contribution of magnetic (due to magnetization of material), lattice (due to lattice vibration)
and electronic (due to presence of free electrons) entropy to the total entropy of the material, respec-
tively. As can be observed, the magnetic contribution depends on both the applied magnetic field and
the temperature, while the others are only a function of temperature.

𝑆(𝑇, 𝐻) = 𝑆m(𝑇, 𝐻) + 𝑆lat(𝑇) + 𝑆el(𝑇) (2.2)

When themagnetic field is applied to the ferromagneticmaterial under adiabatic conditions, the 𝑆m(𝑇, 𝐻)
contribution decreases as the magnetic spin system tries to align with the externally applied field. How-
ever, since the total entropy remains constant, the other two contributions must increase to compen-
sate. As a result of this, a temperature increase is experienced. This temperature increase is called
the adiabatic temperature change (Δ𝑇𝑎𝑑). When the magnetic field is removed, the opposite is expe-
rienced: the magnetic spin system tends to return to the initial arrangement by capturing the energy
from lattice vibrations. As a result, the thermal entropy is reduced, and the material returns to its initial
temperature. This working principle is also sketched in Figure 2.4.

Figure 2.4: Visualization of the magnetocaloric effect.

The behavior described above is valid for the case of the adiabatic application of an external magnetic
field. If the magnetic field is applied at isothermal conditions, the total entropy would no longer be a
constant and would decrease. Thus, since the temperature is kept constant, the lattice and electronic
entropy contributions would no longer be able to change to compensate for the decrease in magnetic
entropy contribution.

Both of the above-discussed transformations can be used in a thermodynamic cycle to pump energy
from a low temperature level to a high temperature one. Three main cycles are usually considered for
magnetic heat pumps. These are shown in Figure 2.5 (derived from [55]) and are briefly discussed in
the following. All the cycles shown in Figure 2.5 are ideal cycles and thus do not reflect the effect of
any system loss.

Figure 2.5a represents an ideal Carnot cycle based MHP. In this cycle, the process between states
1 and 2 corresponds to adiabatic magnetization. This process needs to be quick to avoid a large
amount of thermal energy being lost in the surroundings through conduction [55]. From states 2 to
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(a) Ideal Carnot cycle (b) Ideal Ericsson cycle

(c) Ideal Brayton cycle

Figure 2.5: Different thermodynamic cycles used for magnetic heat pump [55].

3, further magnetization occurs at a constant temperature. The thermal energy is transferred as heat
into the sink during this process. After this, from states 3 to 4, demagnetization occurs under adiabatic
conditions. Finally, from states 4 to 1, further demagnetization occurs. However, during this process,
thermal energy is absorbed from the source, thus maintaining constant temperature conditions.

Figure 2.5b depicts an ideal Ericsson cycle based MHP. This cycle is a regenerative cycle, implying that
a heat transfer fluid circuit is present, which helps to recover thermal energy from later steps of the cy-
cle is utilized back into the cycle. From states 2 to 3, isothermal magnetization occurs. Here, thermal
energy is released (to sink) simultaneously with magnetization, thus ensuring isothermal conditions.
From states 3 to 4, the regenerative fluid absorbs excess thermal energy, decreasing the tempera-
ture of the magnetocaloric material (MCM) further. This process occurs at a constant magnetic field.
Further, from states 4 to 1, demagnetization occurs. During this process, heat transfer co-occurs with
demagnetization, maintaining isothermal conditions. Finally, from states 1 to 2, the thermal energy
from the regenerative fluid is released, at a constant magnetic field, bringing the temperature back to
the initial state and closing the cycle.

Figure 2.5c represents an ideal Brayton cycle-based MHP. In this cycle, the transformation from state
1 to 2 corresponds to adiabatic magnetization. As a result, an adiabatic temperature increase is ex-
perienced by the MCM. From states 2 to 3, thermal energy is released to sink at a constant magnetic
field. Further, from states 3 to 4, the external magnetic field is removed at adiabatic conditions, leading
to an adiabatic decrease in temperature. From states 4 to 1, the thermal energy is absorbed from the
source under a constant magnetic field, thus completing the cycle.

To better understand the performance of the different cycles, the performance of the ideal Ericsson cycle
and ideal Brayton cycle were analyzed using simplified first-principles mathematical models available
in the literature. For both cycles, Gadolinium (Gd) is used as the MCM. The details of the conducted
analysis and results are discussed in the following.
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Ideal Ericsson Cycle Based MHP (with regeneration)

The overall process of this cycle is already shown in Figure 2.5b. To model this cycle, perfect regener-
ation was assumed. Thus, it was assumed that the regenerator had no heat transfer losses. As shown
by Figure 2.5b, the thermal energy addition/release happens under isothermal conditions. Thus, the
thermal energy involved in this isothermal process can be estimated as shown in Equation (2.3), where
𝜕𝑆𝑚
𝜕𝐻 represents the change in magnetic entropy due to change in the magnetic field and Δ𝐻 represents
the change in the magnetic field.

𝑄 = 𝑇Δ𝑆𝑚∣𝑇 = 𝑇 (
𝜕𝑆𝑚
𝜕𝐻 )𝑇

Δ𝐻 (2.3)

Further, to model this change in magnetic entropy, the modeling methodology used in [56] was used.
This methodology is based on the Curie-Weiss Law to model the change in entropy of the material.
According to this law, the change in magnetic entropy with variation in the magnetic field can be written
as shown in Equation (2.4). The explanation of the different parameters used in this equation and their
respective values are provided in Table A.1.

(𝜕𝑆𝑚𝜕𝐻 )𝑇
= −𝐶 (𝐻 + 𝐻𝑒𝑥𝑡) ⋅ [𝑇 − Γ]

−2

Γ = 12𝐶𝑘𝑇𝐶𝐽2𝐴 (𝐽𝐴 + 1)
2

𝑁𝑚𝑁𝑆 (𝑁𝑆 + 1) 𝜇2𝐵 [3𝐽𝐴 (𝐽𝐴 + 1) + 𝑁𝑆 (𝑁𝑆 + 1) − 𝐽𝑂 (𝐽𝑂 + 1)]
2

(2.4)

Using this notation, combined with Equation (2.3), the amount of reversible thermal energy released at
the sink (𝑄ℎ) and the amount of reversible thermal energy absorbed at the source (𝑄𝑐) can be written
as shown in Equation (2.5).

𝑄ℎ = 𝑇ℎ (𝑆2 − 𝑆1) = −𝐶
𝑇ℎ

(𝑇ℎ − Γ)
2 (𝐻1 − 𝐻0)

𝑄𝑐 = 𝑇cold (𝑆4 − 𝑆3) = 𝐶
𝑇cold

(𝑇cold − Γ)
2 (𝐻1 − 𝐻0)

(2.5)

Thus, the COPh of the cycle can be calculated as shown in Equation (2.6), where the amount of work
input is equal to 𝑄ℎ - 𝑄𝑐.

COPh =
1

𝑇𝑐𝑜𝑙𝑑
𝑇ℎ

( 𝑇ℎ−Γ
𝑇cold −Γ

)
2
+ 1

(2.6)

Using the above-given formulations, the COPh of a Gadolinium (Gd) based cycle, one of the most
common types of MHP, was estimated as a function of the total MCM mass, which is proportional to
the number of atoms in the system (𝑁𝑚 in the Equation (2.4)) [57] [58]. Further, a source and sink
temperature of 100∘C and 250∘C, respectively, were assumed. Note that the MCM mass or 𝑁𝑚 is the
only degree of freedom for optimizing theCOPh once the temperature levels are fixed. TheCOPh trend
is illustrated in Figure 2.6.

As can be observed from the figure, the COPh values reach an asymptote with increasing mass of the
MCM. Further, the achieved COPh values for this high-temperature range are very low compared to the
results obtained for VCC. The regeneration heat losses would further decrease the COPh. Note also
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that the methodology used for this analysis approximates the actual thermodynamic process. Signifi-
cant deviations from experimental results may occur for high-temperature applications. Nevertheless,
these simple calculations help assess the expected performance of an MHP [56].

Figure 2.6: COPh Results obtained for ideal Ericsson cycle
based MHP as a function of the total mass of magnetocaloric

material (Gadolinium).

Figure 2.7: Ideal Brayton cycle based MHP, with regeneration
[56].

Ideal Brayton Cycle Based MHP (with regeneration)

The second cycle chosen for analysis is the ideal Brayton cycle with regeneration. The ideal Brayton
cycle sketched earlier in Figure 2.5c does not feature any regeneration. An ideal Brayton cycle-based
MHP with regeneration is shown in Figure 2.7 (derived from [56]). To model this cycle, similar to the
previous case, no thermal losses are assumed during regeneration. Compared to the Ericsson cycle,
evaluating reversible thermal energy released/absorbed becomes difficult as the temperature is not
constant (adiabatic process).

To estimate the amount of thermal energy released/absorbed for this cycle type, the model provided
in [56] is used. This model is based on Helmholtz’s free energy equation, using statistical mechanics
principles to get an estimate for the solution. Based on this approach, the specific heat at a constant
magnetic field 𝐶𝐻, can be written as shown in Equation (2.7), where C is the Curie constant, H is the
magnetic field, and T is the temperature.

𝐶𝐻 =
𝐶𝐻2
𝑇2 (2.7)

Using this equation, the amount of reversible thermal energy released/absorbed (𝑄ℎ/𝑄𝑐) can be written
as shown in Equation (2.8), where 𝛽 is the ratio of the magnetic fields (𝐻2/𝐻1), with 𝐻2 > 𝐻1. Further,
the convention of state numbering is consistent with the one shown in Figure 2.7.

𝑄ℎ = 𝐶𝐻22𝛽2 (𝑇−1ℎ − 𝑇−12 )
𝑄𝑐 = 𝐶𝐻22 (𝑇−15 − 𝑇−1𝑙 )

(2.8)

As can be observed from Equation (2.8), this expression involves the intermediate temperatures 𝑇2 and
𝑇5, which are not available at this preliminary stage. To further simplify the expression, the definition of
isentropic efficiency of the adiabatic processes (𝜂𝑒/𝜂𝑐) and degree of regeneration (𝛼) are introduced,
see Equation (2.9).
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𝜂𝑒 =
𝑇4 − 𝑇5
𝑇4 − 𝑇5𝑠

; 𝜂𝑐 =
𝑇2𝑠 − 𝑇1
𝑇2 − 𝑇1

𝛼 = 𝑇1
𝑇ℎ

(2.9)

Using these expressions, the amount of reversible thermal energy released/absorbed can be written
as shown in Equation (2.10).

𝑄ℎ = 𝐶𝐻22 {
𝜏𝛽2 [𝛼 (𝛽 + 𝜂𝑐 − 1) − 𝜂𝑐]

𝛼𝑇𝑙 (𝛽 + 𝜂𝑐 − 1)
}

𝑄𝑐 = 𝐶𝐻22 [
𝛼 + (𝛼𝛽2 − 1) 𝜏 − 𝛼𝛽 (𝜂𝑒 − 𝛽𝜂𝑒 + 𝛽)

𝛼𝛽𝑇𝑙 (𝜂𝑒 − 𝛽𝜂𝑒 + 𝛽)
]

(2.10)

Thus, the COPh of the cycle can be estimated by Equation (2.11), where the amount of work input is
computed as 𝑄ℎ - 𝑄𝑐. Thus, the electric work associated with the magnetic field is estimated using only
thermodynamic considerations, and the electric losses are neglected.

COPℎ =
𝑄ℎ

𝑄ℎ − 𝑄𝑐
(2.11)

As can be observed fromEquation (2.10) and Equation (2.11), several unknown parameters are needed
to compute the COPh value for this system. Since no specific data is available for these parameters,
it was decided to treat them as a variable and analyze the effect of each parameter separately by only
varying one parameter at a time.

First, the effect of 𝛽 is analyzed, see Figure 2.8. The figure also reports the value of the other parame-
ters kept constant. As can be observed from the figure, the COP value becomes highest for a specific
𝛽 value, called 𝛽𝑚. When 𝛽 > 𝛽𝑚, the effective COPh starts to decrease rapidly.

Next, the effect of 𝛼 is analyzed. In this case, the value of 𝛽 is equal to 𝛽𝑚. The value of 𝛼 is varied
between 𝑇ℎ/𝑇𝑐 and 1, which correspond to the case of no regeneration and maximum regeneration, re-
spectively. The results are shown in Figure 2.9. As can be observed from the figure, with an increasing
degree of regeneration, the effective COPh increases, which is in line with expectations, as the amount
of “wasted” thermal energy is reduced as the value of 𝛼 is increased.

The definition of 𝛼 also has an impact on the value of 𝛽𝑚, as shown in Figure 2.10. Notably, the required
magnetization level decreases with an increasing degree of regeneration. This is expected since less
thermal energy is wasted with a higher degree of regeneration.

Further, the effect of isentropic efficiency on COPh is evaluated, see Figure 2.11. With increasing
isentropic efficiency, the effective COPh increases. This is mainly because as the isentropic efficiency
increases, the irreversibility of the adiabatic process is lowered, which leads to higher performance of
the system.

The typical COPh range for MC heat pumps can be estimated from all the results presented above. For
the high temperature lift considered, this is between 1.2-1.6. However, notice that these values are for
very high values of process efficiency and that thermal losses during regeneration are neglected. Thus,
the COPh values obtained using this cycle are higher than the ones obtained for Ericsson cycle-based
MHP but still are lower than those obtained for VCC-based heat pumps.
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Figure 2.8: Effect of 𝛽 on COPh for Ideal Brayton cycle
based MHP (with regeneration).

Figure 2.9: Effect of degree of regeneration (𝛼) on COPh for
Ideal Brayton cycle based MHP (with regeneration).

Figure 2.10: Effect of 𝛼 on 𝛽𝑚 for Ideal Brayton cycle based
MHP (with regeneration).

Figure 2.11: Effect of isentropic efficiency of adiabatic
processes on COPh for Ideal Brayton cycle based MHP (with

regeneration).

Recent Advancements and Conclusion for High-Temperature Application

As can be observed from the above analysis, the conventional MHP cycles have generally very low
COPh for a high-temperature lift. Therefore, new cycle concepts have been investigated over the
years, such as active magnetic regeneration (AMR). This cycle configuration allows a higher Δ𝑇lift than
that commonly achieved by magnetocaloric effect only. Thus, most of the current research related to
MHP is focused on AMR [57] [58] [59]. One possible implementation of the AMR concept is shown in
Figure 2.12 [58]. The MCM generally has a porous structure that allows for the circulation of a heat
transfer fluid [58]. Thus, the MCM performs both the role of the element, which realizes part of the
temperature lift as well as of the regenerator for the heat transfer fluid. The latter does not need to
undergo a phase change and is used to transfer the thermal energy from the thermal source to the
sink.
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Figure 2.12: A representation of the AMR cycle working principle for MHP [58].

As mentioned, MHPs were initially (and are still) investigated for residential applications involving rela-
tively low temperature ranges and temperature lifts. At about room temperatures and for temperature
lifts less than 9 K, the COPh of MHP ranges between 5-25, depending on the characteristics of the
MCM used as well as of the adopted cycle configuration [57] [60]. However, there are a few studies
that investigated the performance of this kind of heat pump for high temperature levels. The reason
thereof is the stringent magnetic field requirements. To achieve a temperature lift from 0.5∘ to 2∘C,
a change in the magnetic field of around 1 Tesla is required [9]. A couple of studies have shown an
exponential decrease in the COPh values as the temperature of the hot sink is increased for a constant
cold source temperature [57] [61]. Thus, for MHP, it can be concluded that the temperature range is
still relatively very low compared to the ones in industrial applications. Nonetheless, the COPh values
achieved at low temperatures are very promising. Based on the current research findings, it is expected
that MHP technology will become applicable also to high temperatures applications, but the research
is still at preliminary stages [57] [61]. Based on the studied literature, the conventional VCC seems, in
any case, more suitable than MHP to satisfy the process heating demand of the industry.

2.5.2. Thermoelectric Heat Pumps

The thermoelectric heat pumps (TEHP) exploit the so-called thermoelectric effect, also known as the
“Peltier effect”, namely the ability of a material to undergo a temperature change when a voltage dif-
ference is applied. As a result of this effect, thermal energy can be transported from low to high tem-
peratures without needing any moving parts. To have an effective energy transfer, the choice of the
material is critical as this needs to satisfy a few properties. In general, the material needs to have high
electrical conductivity while having a low thermal conductivity. This makes semiconductor materials
the only suitable option [9].

The extent of the Peltier effect is directly related to the applied voltage. The amount of thermal power
generated from this effect is given by Equation (2.12), where 𝜋 is the Peltier coefficient and is a function
of temperature; 𝐼 is the current going through the material.

𝑄̇𝑃(𝑇) = 𝐼 𝜋(𝑇) (2.12)

The magnitude of the heat flux per unit of current that can be achieved depends on the material’s
properties, specifically the energy density spectrum, which is usually modeled by 𝜋. Doped semicon-
ductors have been found to have the highest value for this coefficient and thus are promising for cooling
or heating applications [62].

To compare the thermoelectric potential of different materials, 𝑍𝑇 is usually used as the figure of merit
[9] [63]. 𝑍𝑇 is a dimensionless quantity based on material properties such as electric and thermal
conductivity. It reflects the potential of a material to exhibit the thermoelectric effect. The definition
of 𝑍𝑇 is given in Equation (2.13), where 𝛾 is electrical conductivity, 𝛼 is the Seebeck coefficient, and
𝜅 is the Thomson coefficient. A high value of 𝑍𝑇is desired as it implies that a more efficient energy
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conversion (electric to thermal energy) can be achieved.

𝑍𝑇 = 𝛾𝛼2
𝜅 𝑇 (2.13)

Using the value of 𝑍𝑇, an approximate theoretical maximum performance value of TEHP can also be
calculated. The required formulation is shown in Equation (2.14) [9], where the first term is essentially
the Carnot efficiency term and the second term accounts for the material efficiency. Observing the
formulation, it can be deduced that 𝑍𝑇 should roughly be at least 2 to have the performance of TEHP
comparable with conventional VCC. This formulation also shows the severe negative effect of high-
temperature lift on performance. This is also observed in a few studies, where the value of COPh
decreases rapidly as the temperature increases [63] [64] [65].

COPh,max =
𝑇sink

𝑇sink − 𝑇source
⋅
√1 + 𝑍𝑇 − 𝑇source

𝑇sink
√1 + 𝑍𝑇 + 1

,where 𝑇 = 𝑇sink + 𝑇source
2 (2.14)

The variation of COPh with 𝑍𝑇, for the temperature range 100∘C - 250∘C is shown in Figure 2.13. As
can be observed from the figure, the COPh range of such systems is well below the conventional VCC,
for typical semiconductors, at the given temperature range.

Figure 2.13: Variation of theoretical maximum COPh of TEHP
with figure of merit of material (𝑇𝑠𝑜𝑢𝑟𝑐𝑒 = 100∘C ; 𝑇𝑠𝑖𝑛𝑘 =

250∘C).
Figure 2.14: Variation of the figure of merit with temperature

for different materials [66].

In recent years extensive research has been done to find materials having high 𝑍𝑇 values [66]. 𝑍𝑇
values commonly found are shown in Figure 2.14, as a function of the operating temperature [66]. As
can be observed from the figures, the values of 𝑍𝑇 are below 2 for all the materials, and the 𝑍𝑇 value
is also highly dependent on the operating temperature.

Based on the obtained results, it can be concluded that the TEHP has many advantages in terms of
reliability, as it does not require any moving parts. However, the achievable temperature lift is relatively
small and more suitable for domestic applications. For the case of high-temperature applications, those
investigated in the present project, the performance gain is no longer present as the efficiency value
drops significantly.
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2.6. Thermally driven Heat Pumps
As the name suggests, this category of heat pumps directly utilizes the thermal energy available rather
than requiring mechanical energy for compression, as is the case for the VCC-based heat pumps. The
general efficiency of this category of heat pumps is usually found to be lower than that of conventional
VCC-based heat pumps [9]. Nevertheless, these systems are promising for some industrial applications
as only a few energy-conversion steps are involved with almost no moving parts [67]. Within this
category, there are two main types of systems, namely

1. Absorption-based Heat Pumps

2. Adsorption-based Heat Pumps

The principles of each of these technologies and the current research for their potential use in the
high-temperature applications are summarized in the following sub-sections.

2.6.1. Absorption Heat Pumps

The working principle of absorption heat pumps is similar to that of VCC-based heat pumps. The main
difference is that mechanical compression is replaced by a kind of ”thermal” compression in the case
of absorption heat pumps. Here, the thermal energy is directly supplied to the liquid solution present in
the desorber (𝑄̇desorb). The absorber of the system acts as a replacement for the suction phase of the
mechanical compressor of VCC and the desorber as a substitute for the discharge phase. A schematic
of a general absorption heat pump is shown in Figure 2.15 (derived from [9]).

Figure 2.15: A general schematic of absorption heat pump [9]

As can be observed from the figure, except for the compression phase, the rest of the components
and processes are similar to those observed in conventional VCC-based heat pumps. However, for
absorption heat pumps, the required pump work (𝑊pump) is relatively small as compared to the one
needed for VCC systems. This is because the working fluid is pressurized in the liquid phase. Further,
the thermal energy is delivered at both condenser (𝑄̇conden) and the absorber (𝑄̇absorb) and therefore,
both needs to be accounted when considering the total performance. Thus, the generalCOPh for these
kinds of systems can hebe computed as shown in Equation (2.15).
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COPh =
𝑄̇absorb + 𝑄̇conden
𝑄̇desorb +𝑊pump

(2.15)

With respect to conventional VCC, these systems tend to have lower efficiency due to the presence of
thermodynamic losses in different processes, which play a significant role during operation [56] [67].
However, to compare the two, the actual primary energy consumption associated to the electric power
delivered of the VCC system should be accounted in the COPh calculation. The performance and
feasible operating range of these absorption systems are significantly dependent on the choice of the
refrigerant-absorbent mixture. Most commonly used combinations are water-ammonia (H2O-NH3) and
water-Lithium Bromide (H2O-LiBr) [68].

These systems offer a wide range of operating temperatures, depending on the selected combination of
refrigerant/absorbent and cycle configuration. Based on the few studies found in the literature, focusing
on the temperature range of 100 ∘C or higher, the COPh range for these kinds of systems was found
to be around 0.8-1.3, depending on cycle configuration and refrigerant/absorbent combination [67] [68]
[69]. Thus, the COPh range of these kinds of systems (based on conventional cycles) is lower than the
conventional VCC for the high-temperature range.

2.6.2. Adsorption Heat Pumps

The adsorption heat pump is the second type of thermal heat pump. These systems allow to directly use
the thermal energy available and thus are very promising from emissions and energy-saving viewpoint.
An illustration of the working principle is shown in Figure 2.16 [9]. The functionality of both condenser
and evaporator is similar to the one observed for absorption-based systems. However, the process of
”compression” is different. Two beds are present in the thermal compressor. These beds contain the
adsorbent and the external fluid flows through them.

The working fluid undergoes a phase change during the desorption process, leading to an increase in
the pressure in the desorption volume. This increase in pressure is continued until the pressure is high
enough to actuate a controlling valve placed between the bed and the condenser [9]. The vapor is then
condensed in the condenser, maintaining a constant pressure. During the process of the adsorption,
the pressure in adsorpent bed decreases until it is low enough to actuate the controlling valve placed
between the bed and the evaporator. The vapor from the evaporator then enters the adsorpent bed.
In this way, during the adsorption, a constant pressure is maintained at the evaporator. At a certain
point, the adsorpent bed gets saturated with the working fluid. Therefore, the required regeneration is
provided by the desoprtion process. To achieve a continuous cycle, the working fluid flow is switched
between the two beds. During the adsorption process (exothermic process), the flow which needs to
be heated flows the adsorpent bed, whereas the opposite is true for the desorption bed.

Figure 2.16: A general schematic of absorption heat pump [9]

The most commonly used combinations of working fluid (or refrigerant) and adsorbent are water-silica,
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ammonia-carbon(activated), and water-zeolite [70]. These type of systems allows for a broad opera-
tional spectrum in terms of temperature, as the used adsorbent beds are always solid [56] [70]. Further,
based on the type of adsorbent, two different types can be identified: physical adsorption and chemical
adsorption. The main difference between the two is related to the change in state/composition of the
adsorbent during the cycle. In the case of physical adsorption, intermolecular forces are generated
between the two compounds, while in the case of chemical adsorption a chemical reaction occurs.

Despite the advantages of no moving parts, no harmful refrigerants, and direct use of thermal energy,
these systems have a very low COPh [71] [72]. This is mainly related to the irreversibilities occurring
during adsorption/ desorption [72]. Further, limited specific cooling power (SCP) is also one of the
significant factors for these kinds of systems [9]. In cooling mode, the most common application for
adsorption heat pumps, the COP lies in the range of 0.3-0.6 for a temperature lift around 50-60 K
[70] [72] [73]. The expected COP range for heating applications would be then around 1.3-1.6 but for
a temperature range lower than that investigated in this work. For higher temperature lifts and high
operating temperatures, this is expected to decrease further [70] [73].

2.7. Selected Configurations
Based on the conducted literature study, heat pump systems based on the reverse Rankine cycle and
reverse Brayton cycle were found to be the most promising for high temperature industrial applications,
considering both the thermodynamic performance and feasibility. Thus, these two technologies were
further studied in the project. For each of this heat pump concepts, different possible configurations
were identified [74][75][76]. The reference studies used for the selection of the configurations were
mainly for low-temperature applications. These identified configurations only represent a subset of all
the different possible combinations which can be made to match the needs of a specific process. To
limit the scope of the current project, these selected configurations were deemed sufficient.

2.7.1. Reverse Rankine cycle based Heat Pumps

Figure 2.17 shows all the selected configurations for reverse Rankine cycle based heat pump systems.
The first one is the simple single-stage configuration (Figure 2.17a), which was described earlier in
Section 2.3. The second configuration (Figure 2.17b) is the two-stage configuration i.e. two compres-
sion stages are present. In this configuration, the superheated vapor at the exit of the first compressor
is mixed with the low temperature condensate (referred to as secondary stream), before it enters the
second compressor. As a result, the inlet temperature of the fluid in the second compressor is reduced,
leading to a decreased in the compression power and a higher performance value for the system. This
secondary stream is taken from the exit of the condenser by splitting the main stream into two sub-
streams with different mass flow rates. The secondary sub-stream is first expanded to further reduce
the temperature and match the pressure of the vapor leaving the first compression stage.

The third configuration (Figure 2.17c) also features two compression stages. In this case, the secondary
stream used to cool down the vapor leaving the first compressor is taken from a flash-tank and thus, is in
a saturated vapor state. The other output stream of the flash-tank is a saturated liquid, which is further
expanded till the evaporator pressure level. The fourth configuration (Figure 2.17d) is similar to the third
one. However, in this case, a saturator is used in place of the flash tank. The saturator is essentially a
flash-tank with an intercooler. The output stream of the first compressor enters the saturator in this case,
along with the expanded condensate coming form a first expansion valve. Therefore, a two-phase flow
stream and a superheated vapor stream enters the saturator. The streams leaving the saturator are a
saturated vapor and a saturated liquid stream. Saturated vapor, thus, enters the second compressor,
similarly to the first compressor (assuming no superheating). The final configuration (Figure 2.17e) is
also a two-stage configuration but uses an internal heat exchanger in place of the saturator or the flash
tank. The stream leaving the condenser is further subcooled by using this internal heat exchanger and
thus heating the secondary stream to be mixed with the output stream of the first compressor.
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(a) Single Stage (b) Two stage with direct injection

(c) Two stage with flash-tank (d) Two stage with saturator

(e) Two stage with internal heat exchanger

Figure 2.17: Selected configurations for reverse Rankine cycle based heat pump systems.

2.7.2. Reverse Brayton cycle based Heat Pumps

Figure 2.18 shows the selected configurations for the reverse Brayton cycle based configurations. The
first configuration (Figure 2.18a) is a simple single-stage configuration, comprising four basic com-
ponents: low-temperature low-pressure heat exchanger (source), a compressor, a high-temperature
high-pressure heat exchanger (sink), and a turbine. Second configuration (Figure 2.18b) is an exten-
sion of the first one. Here, an internal heat exchanger (called a recuperator) is included in the system.
Due to the addition of this recuperator, the working fluid is further cooled before it is expanded through
the turbine and the compressor inlet temperature also increases, positively impacting the thermody-
namic performance of the system.



24 2. Potential High-Temperature Heat Pump Technologies - Literature Review

The next configuration features a two-stage compression (Figure 2.18c). Two sink heat exchangers are
also present in this configuration to allow for inter-stage cooling. The working fluid is first compressed up
to an intermediate pressure level and then the thermal energy is exchanged with the required process
stream in the first heat sink. The stream from the exit of this heat exchanger is then compressed
to the maximum pressure level of the system. Afterwards, the thermal energy is transferred to the
second sink. Similar to the second configuration, a recuperator is also included in this configuration
to increase the compressor inlet temperature. The last configuration also features two compressors
(Figure 2.18d) and is similar to the two-stage configuration with inter-cooling. The difference lies in an
additional internal heat exchanger. After the exit of the high-pressure sink, the working fluid is split into
two streams. One of the streams (secondary stream) is expanded to an intermediate pressure value
and its temperature is increased using the additional internal heat exchanger before it is mixed with the
stream coming from the outlet of the first sink of the system. The other stream (high pressure) is used
to heat up the stream sent to the second compressor before being delivered to the low pressure part
of the working fluid loop.

(a) Single Stage (b) Single stage with Internal Recuperation

(c) Two stage with Intercooling
(d) Two stage with Internal heat exchanger and

Intercooling

Figure 2.18: Selected configurations for reverse Brayton cycle based heat pump systems.

2.8. Research Objectives
As per the findings of the literature study, the main focus of the project was decided to be on the com-
parison between the reverse Rankine cycle and reverse Brayton cycle-based heat pump technologies.
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To limit the scope of the thesis, only three working fluids were considered: H2O for reverse Rankine
cycle-based systems and Air and CO2 for the reverse Brayton cycle-based configurations. Thus, the
main research objective of the thesis is:

“Compare reverse Brayton and Rankine cycle based heat pump systems for high tempera-
ture applications, in terms of performance, design feasibility of the key components, and
ease of integration with industrial processes.”

The above research objective has the following sub-goals:

• Development of a steady-state numerical model of different cycle concepts (Reverse Brayton and
Rankine cycle) operating with different refrigerants (H2O, air, and CO2) for high-temperature heat
pump system.

• Parametric analysis of different cycle configurations to identify the best performing one(s) and the
corresponding design parameters.

• Development of a design optimization framework allowing for the design of turbomachinery com-
ponents for a given high-temperature heat pump cycle type and refrigerant.

• Analysis of an industrial test case to assess the performance of the different cycle concepts when
integrated into an industrial process.

2.8.1. Research Questions

The main research questions have been provided below, along with the derived sub-questions.

1. What are the effects of the cycle parameters and refrigerant choice on the thermodynamic perfor-
mance of reverse Brayton cycle and reverse Rankine cycle-based high-temperature heat pump
systems, for a given temperature lift/industrial process?

(a) How does the thermodynamic performance of the system change?
(b) What is the effect on the design requirements of sub-components?
(c) What is the difference in the thermodynamic performance between the reverse Rankine

cycle and reverse Brayton cycle based heat pumps?

2. What are the technological challenges associated with the development of reverse Rankine cycle
and reverse Brayton cycle based heat pumps and with their integration in an actual industrial
process?

(a) What are the challenges associated with the turbomachinery design for the two cycle types?
(b) What are the practical limitations identified for each cycle type, when a specific industrial

process is considered?

2.9. Thesis Outline
To answer the above research questions, the research work consisted of two main tasks, which in turn
can be split in multiple subtasks as summarized in Figure 2.19. This work structure is reflected also
in the organization of the thesis chapters. The adopted modeling methodology, along with turboma-
chinery design methods, is discussed in Chapter 3. The verification of these models is discussed in
Chapter 4. Chapter 5 discusses the results of the thermodynamic cycle analysis of different heat pump
concepts. The case studies and the related results are analyzed in Chapter 6. The main outcomes
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of the case studies treated in Chapter 6 are discussed in Chapter 7. Finally, the conclusions and the
recommendations for future research activities are summarized in Chapter 8.

Figure 2.19: Project overview
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Model Development

This chapter aims to provide the details of the methods used for the 0D modeling of the different heat
pump configurations and the conceptual design of the turbomachinery components. The structure of
the chapter is as follows, first, the general modeling methodology adopted for the thermodynamic cycle
analysis is presented in Section 3.1. Afterward, the modeling assumptions related to the component
performance in the thermodynamic cycle analysis are discussed in Section 3.2. Next, the details of
the working fluid modeling are provided in Section 3.3. The specific details about the reverse Rankine
cycle-based heat pump configurations are provided in Section 3.4, followed by the details of reverse
Brayton cycle-based configurations in Section 3.5. Finally, the details about the compressor and turbine
design methodology is provided in Section 3.6 and Section 3.7 respectively.

3.1. System Modeling Methodology
This section provides detail about the high-level modeling methodology adopted for the thermodynamic
cycle analysis. To develop the required system models the 9 step modeling method is followed. This
methodology is suitable for the development of both dynamic and steady-state models, for more details
see [77]. The nine fundamental steps included in this procedure are listed below:

1. Definition of Model Purpose.

2. Choice of System boundaries and variables.

3. Listing Relevant Phenomenon.

4. Formulation of Hypotheses and/or Assumptions.

5. Deriviation of required Sub Models.

6. Writing of Conservation Laws and Constitutive Equations.

7. Simplifications.

8. Implementation.

9. Simulation, Verification, Documentation, and Application.

The 9-step method is iterative, namely after the execution of all the steps the modeler verifies whether
the given purpose is achieved or not. If not, revaluation of the considered phenomenon, hypothesis,

27
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and assumptions is done until the desired purpose is met. The following subsections provide details
about steps 1 to 5. Appendix B give details about steps 6 and 7. Chapter 5 describes the results
obtained using the models (steps 8 and 9) and Chapter 4 provides detail about the model verification
(step 9).

3.1.1. Model Purpose

Before proceeding towards the modeling of different system configurations and individual components,
it is important to define the main objective of the model, the type of problem to be solved and the
requirements to be followed by the modeling exercise. For the case at hand, the system model shall
allow for an evaluation of required work input and the available thermal energy at the sink, so that the
thermodynamic performance of different cycles can be compared, as per Equation (2.1). The purpose
of the system model, along with its requirements is summarized in Table 3.1. Following the mentioned
criteria, the models were built in Modelica language using Dymola as interface.

Table 3.1: Modeling criteria

Criteria Definition

Model Objective
The system model will be used to obtain the thermodynamic performance of
the heat pump configuration and the design requirements of the individual
system components, at the given operating conditions.

Type of Problem Steady State Modeling

Model Requirements

1. The system model shall be implemented following the lumped parameters
approach.
2. The system model shall be based on the modularity principle.
3. The system model shall allow for assessing the effect of individual
component design parameters on the overall system performance.

3.1.2. System Boundaries and Variables

The selected system boundary defines the imaginary line separating the modeled system from the
surrounding environment. As a general guideline, the boundary is often placed where the inputs are
known, where certain environmental disturbances are present, where a control input is applied or where
the output is desired [77]. Figure 3.1 shows the selected boundary for a simple single-stage heat
pump system, for an arbitrary process. For the different heat pump system models described later in
Section 3.4 and Section 3.5, this boundary remains valid. Only the heat pump configuration is different.

Once the system boundaries are well defined, the model‘s input and output variables are defined. The
selected input variables describe the surrounding environment on the system model, and vice versa
for the output variables. The input variables of the system model are listed below.

• Pressure, mass flow rate, and temperature of the incoming waste heat source stream.

• Pressure, mass flow rate, and temperature of stream to be heated at the heat pump sink.

• Pressure, mass flow rate, and temperature of both the waste heat source stream and the stream
at the sink.

In the thermodynamic cycle analysis (Chapter 4 and Chapter 5), only the working fluid side of both the
thermal sink and source is modeled. Thus no process variables are crossing the model border there.
This is further explained in Section 3.4 and Section 3.5.
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Figure 3.1: Selected system boundary (highlighted in green), illustrating an arbitrary process and a general single-stage heat
pump configuration.

The output variables of the system model are as follows:

• Required compressor power (𝑊comp).

• Thermal energy exchange at the source side (source thermal capacity 𝑄̇source).

• Thermal energy exchange at the sink side (sink thermal capacity 𝑄̇sink).

• For the case of reverse Brayton cycle-based systems, turbine power output (𝑊turb).

3.1.3. Relevant Phenomena

As a next step, all the relevant phenomena to be accounted by the model were listed. For this step, the
principle of parsimony was followed which states that the ”whenever we have different explanations
of the observed data, the simplest one is preferable” [78]. The relevant phenomena for the general
system model are listed below. The relevant phenomena for each of the subsystem models are given
in Appendix B.

• Conversion of mechanical energy supplied to the compressor into a pressure and temperature
increase of the working fluid.

• Thermal energy exchange between the working fluid and external stream in both the heat pump
sink and source.

• Expansion of the working fluid in a turbine/expansion valve and a corresponding drop in temper-
ature and pressure.

• For the case of vapor compression cycle-based systems, evaporation of the working fluid in the
heat exchanger corresponding to the heat pump thermal source.

• For the case of vapor compression cycle-based systems, condensation of the working fluid in the
heat exchanger corresponding to the heat pump thermal sink.

• Pressure losses in all components due to friction.

• Conversion of the electrical energy supplied to the motor into mechanical energy.

• For the case of reverse Brayton cycle-based systems, conversion of mechanical energy into
electrical energy via the generator connected to the turbine(s).
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3.1.4. Hypotheses and Assumptions

To simplify the model complexity, several assumptions were made. The assumptions specific to the
different component models are presented in Appendix B.

• The variation of potential and kinetic energy across all the components is negligible.

• All the components are thermally insulated,thus the system can be considered adiabatic. This
allows one to simplify the conservation equations.

• The compressor operation is always in the stable region by using adequate flow control systems.
Thus, the flow instabilities (occurring near the stall, surge operating lines) inside the compressor
can be neglected for the system model.

• The friction forces in the connecting lines are negligible and thus can be neglected.

3.1.5. Subsystem Models

As mentioned in the model requirements, the system model is to be developed following a modular
approach. The system is thus decomposed into different component models, where each component
has an independent set of conservation and constitutive equations. As a result of using this approach,
the component models can be re-used to easily implement different system configurations. For this
project, the component models of the Modelica DeSimECS library, developed by the Propulsion and
Power group, were used. The 9 steps related to the development of the component models used in
this project are provided in Appendix B.

Once the different subsystem models are developed, they must be connected systematically and con-
sistently to ensure that no numerical issues arise when trying to solve the system model. The different
kinds of connectors used for the system model are summarized in Table 3.2.

Table 3.2: Different types of connectors used and the associated bilateral coupled variables.

Connector Type Potential Variable Flow Variable Additional

Fluid Pressure (P) Mass flow rate (f) Specific enthalpy (h) and
composition (X)

Thermal Temperature (T) Energy flux (𝑄̇) -
Mechanical Angular velocity (𝜔) Torque (𝜏) -
Electrical Electric potential (𝑉) Electric current (𝐼) -

3.2. Boundary Conditions
The system model developed is a steady-state model, as for the purpose of the model. In other words,
the model developed is an “on-design” static model, which allows for performance evaluation at the
design conditions and also provides the required design specifications of the individual system compo-
nents. It is important to ensure that the system of equations associated with the overall system model
is well-posed [79]. To ensure this, the design specifications of the system level must be specified as
discussed in Section 3.4 and Section 3.5.

Table 3.3 shows the reference operating conditions of the heat pump system considered in the ther-
modynamic cycle analysis. The selected source temperature is characteristic of high temperature heat
pumps according to the literature explored. Concerning the thermal sink temperature, three tempera-
ture levels were selected.

For the heat exchanger components, the pressure drop was assumed to be negligible in this modeling
phase. This was done to simplify the system model as the pressure drop depends on the actual geom-
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etry of the heat exchangers. To allow for a feasible heat exchanger size, a finite minimum temperature
difference between the two streams (hot and cold) was imposed (Δ𝑇min). Equation (3.1) shows the
importance of this parameter, where 𝑈 and 𝐴 represent the overall heat transfer coefficient (with units
𝑊/𝑚2𝐾) and the total heat exchange area. Typical value of Δ𝑇min vary in the range 5-20 K, depending
on the type of fluid and the required techno-economic constraints [80][81][82]. A value of 10 K was
selected as a conservative estimate for the current analysis [81].

𝑄̇HEX = 𝑈 𝐴 Δ𝑇 (3.1)

The values for the isentropic efficiency of the turbomachinery components have been taken from the
literature for representative cases [83][84]. These literature cases are for different operating conditions
than those studied in this work. Nevertheless, they were chosen to get a good initial estimate for the
system simulations. More representative values were obtained in the second phase of the project as
the conceptual design of turbomachinery components was performed.

Table 3.3: Selected operating conditions

Boundary Condition Value Unit
Temperature of the thermal Source (𝑇source) 100 ∘C
Temperature of the thermal Sink (𝑇sink) 150, 200, 250 ∘C
Working fluid Mass flow rate (𝑚̇) 1 kg/s
Minimum Temperature difference in heat exchangers (Δ𝑇min) 10 K
Pressure drop in heat exchangers (Δ𝑃) 0 bar
Compressor Isentropic Efficiency (𝜂is, c) 0.75 -
Turbine Isentropic Efficiency (𝜂is, t) 0.85 -
Mechanical Efficiency (𝜂𝑚) 0.95 -
Electrical Motor Efficiency (𝜂motor) 0.95 -
Electrical Generator Efficiency (𝜂gen) 0.95 -

Working fluid H2O (for reverse Rankine cycle)
CO2 and Dry Air (for reverse Brayton cycle)

-

Often, 𝑚̇ is computed from the energy balance associated with the sink heat exchanger, see Equa-
tion (3.2), as the desired thermal load of the heat pump is often known. In Equation (3.2), 𝑄̇sink repre-
sents the thermal power transferred to the sink and Δℎsink indicates the change in the specific enthalpy
of the working fluid over the heat exchanger corresponding to the system sink. However, as the pri-
mary focus of the numerical study was on the comparison of the maximum achievable thermodynamic
performance and cycle characteristics of the considered heat pump technologies, a constant value of
𝑚̇ was selected. On the contrary, in the simulations aimed at studying the integration of a high tem-
perature heat pump in actual industrial processes, actual process information was used to determine
𝑚̇ (Chapter 6).

𝑚̇ = 𝑄̇sink
Δℎsink

(3.2)

3.3. Working Fluid Modeling
To model the working fluid properties, the COOLPROP tool was used, which is an open-source C++
based fluid property database [85]. It uses reduced Helmholtz energy equation of state (EOS) models.
This type of formulation provides an advantage in terms of accuracy as all the desired thermodynamic
properties can be directly obtained using the partial derivatives of Helmholtz energy. The details of the
EOS models used for different fluids are provided in [85].

Using this formulation, the Helmholtz energy of the fluid, in non-dimensional form, can be represented
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as shown in Equation (3.3), where 𝛼0 represents the ideal gas contribution and 𝛼𝑟 is the residual
contribution which accounts for the non-ideal behavior of a certain fluid.

𝛼 = 𝛼0 + 𝛼𝑟 (3.3)

The EOS inputs are two non-dimensional parameters 𝛿 and 𝜏. The respective definition of these terms
is shown in Equation (3.4), where 𝜌𝑐 and 𝑇𝑐 represent the critical density and temperature respectively.
The exact formulation of the terms 𝛼0 and 𝛼𝑟 is fluid dependent [85].

𝛿 = 𝜌/𝜌𝑐
𝜏 = 𝑇𝑐/𝑇

(3.4)

Once the exact formulation of Helmholtz energy terms is obtained, all the desired thermodynamic prop-
erties can be obtained using the derivatives of the energy terms. As an example, the required formula-
tion for pressure (𝑝), specific internal energy (𝑢) and specific enthalpy (ℎ) are shown in Equation (3.5).

𝑝 = 𝜌𝑅𝑇 [1 + 𝛿 (𝜕𝛼
𝑟

𝜕𝛿 )𝜏
]

𝑢
𝑅𝑇 = 𝜏 [(

𝜕𝛼0
𝜕𝜏 )𝛿

+ (𝜕𝛼
𝑟

𝜕𝜏 )𝛿
]

ℎ
𝑅𝑇 = 𝜏 [(

𝜕𝛼0
𝜕𝜏 )𝛿

+ (𝜕𝛼
𝑟

𝜕𝜏 )𝛿
] + 𝛿 (𝜕𝛼

𝑟

𝜕𝛿 )𝜏
+ 1

(3.5)

For the reverse Rankine cycle-based heat pump, the saturation state properties and the properties of
the working fluid in the two-phase region are also required. To compute such properties, the program
uses the known ancillary equations for pure fluids (for density of saturated liquid and vapor), often
derived as a function of temperature and are given by the first and second order derivative of density
respectively [85]. Thus, an initial guess for the saturated vapor and liquid density can be obtained using
the density derivatives for a given temperature. Further details are provided in [85].

3.4. Model Setup: Reverse Rankine Cycles
The following subsections describes how the system models for the different configurations selected
for the reverse Rankine cycle-based heat pump system (Section 2.7) were built.

3.4.1. Single Stage

Figure 3.2 shows the schematic of the model developed for a single-stage heat pump system, based
on the reverse Rankine cycle. It is one of the most basic configurations, where the working fluid is
evaporated, given the thermal input from the system source, and is compressed further. This high-
temperature high-pressure fluid is condensed at the desired sink temperature. Then, the working fluid
is expanded to decrease both its pressure and temperature, before it enters the evaporator again,
completing the cycle.

Table 3.4 shows the imposed design specifications and constraints at different state points in the model,
to have a well-posed system of equations. In Table 3.4, X refers to the mass fractions of the working
fluid, and Xref indicates the reference value of the mass fractions for the working fluid. For the current
project, since all the working fluids are pure fluids, this value is always equal to one. The symbol x
indicates the vapor quality of the working fluid at the specified state point. Δ𝑇 refers to the minimum
temperature difference in the heat exchangers (minimum approach temperature).
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Figure 3.2: Schematic of single-stage heat pump system
model based on reverse Rankine cycle

Table 3.4: Selected design specifications and constraints for
single stage heat pump based on reverse Rankine cycle

State/Component Imposed Constraints
1 x = 1,T = Tsource − ΔT, 𝑚̇ = 1 kg/s
2 None
3 T = Tsink + ΔT, x = 0
4 X = Xref

Compressor 𝜂is, c , 𝜂m , 𝜂motor

In this case, saturated conditions are imposed at both evaporator and condenser exit. Thus, the pres-
sure value becomes a redundant variable, since both the vapor quality and the temperature value are
prescribed. As a result, there are no degrees of freedom for this cycle configuration, once the temper-
ature levels at the source and the sink side are fixed.

3.4.2. Two Stage with Direct Injection

Figure 3.3 shows the schematic of the model developed for a two-stage HP system with direct injection,
based on the reverse Rankine cycle. This is a two-stage cycle configuration implying that there are
three different pressure levels present in the cycle: low, intermediate, and high. Table 3.5 shows the
imposed constraints at the different state points in the model, to have a well-posed system of equations.
In Table 3.5, the degrees of freedom of the system are highlighted in red and a similar convention is
followed for all the other system models. In this case, an additional vapor quality constraint is present
at State 3. By making this choice, the required mass flow rate of the secondary stream to be mixed
with the high-temperature working fluid becomes fixed.

Both the compressors have saturated vapor at their inlet. However, for the second compressor (high-
pressure side), the inlet pressure is not fixed. This is because the overall pressure ratio of the system is
fixed but the pressure ratio split between the two compression stages is a design parameter. Therefore,
in this case, there is one degree of freedom, 𝑝intm, for a given source temperature and temperature lift.

Figure 3.3: Schematic of a two-stage heat pump with direct
injection, based on reverse Rankine cycle

Table 3.5: Selected design specifications and constraints for
two-stage heat pump with direct injection, based on reverse

Rankine cycle

State/Components Imposed Constraints
1 x = 1,T = Tsource − ΔT
2 𝑝2 = 𝑝intm
3 x = 1, 𝑚̇ = 1kg/s
4 None
5 T = Tsink + ΔT,x = 0
6 X = Xref
7 𝑝7 = 𝑝intm

Compressor 𝜂is, c , 𝜂m , 𝜂motor
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3.4.3. Two Stage with Flash-tank

Figure 3.4 shows the schematic of the model developed for a two-stage heat pump system with a flash-
tank, based on the reverse Rankine cycle. Table 3.6 shows the imposed constraints at different state
points in the model, to have a well-posed system of equations. In this case, no additional constraint
is imposed at the inlet of the second compressor because, by definition, the vapor leaving the flash-
tank is at saturated vapor condition. The remaining constraints are similar to those considered for the
two-stage configuration with direct injection. There is only one degree of freedom, namely, 𝑝intm.

Figure 3.4: Schematic of a two-stage heat pump with
flash-tank, based on reverse Rankine cycle

Table 3.6: Selected design specifications and constraints for
two-stage heat pump with flash-tank, based on reverse

Rankine cycle

State/Components Imposed Constraints
1 x = 1,T = Tsource − ΔT
2 𝑝2 = 𝑝intm
3 𝑚̇ = 1kg/s
4 None
5 T = Tsink + ΔT,x = 0
6 X = Xref
7 𝑝7 = 𝑝intm

Compressor 𝜂is, c , 𝜂m , 𝜂motor

3.4.4. Two Stage with Saturator

Figure 3.5 shows the schematic of the model developed for a two-stage heat pump system with a sat-
urator, based on the reverse Rankine cycle. Table 3.7 shows the imposed constraints at different state
points in the model, to have a well-posed system of equations. For this case, additional constraints of
Xref and 𝑝intm were applied at State 5b and State 3 respectively. This was done because the subsys-
tem model developed for the saturator did not include the pressure balance and mass fraction balance
equations. Also for this configuration, one degree of freedom was obtained, namely, 𝑝intm.

Figure 3.5: Schematic of a two-stage heat pump with
saturator, based on reverse Rankine cycle

Table 3.7: Selected design specifications and constraints for
two-stage heat pump with saturator, based on reverse

Rankine cycle

State/Components Imposed Constraints
1 x = 1,T = Tsource − ΔT
2 𝑝2 = 𝑝intm
3 𝑝3 = 𝑝intm , 𝑚̇ = 1kg/s
4 None
5 T = Tsink + ΔT,x = 0
5b X = Xref
6 X = Xref

Compressor 𝜂is, c , 𝜂m , 𝜂motor
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3.4.5. Two Stage with Internal Heat Exchanger

Figure 3.6 shows the schematic of the model developed for a two-stage HP system with an internal
heat exchanger and working fluid injection. Table 3.8 shows the imposed constraints at different state
points in the model. In this case, an additional constraint is imposed on the temperature of the State 5b.
This constraint reflects the maximum feasible thermal energy exchange in the internal heat exchanger,
for a given Δ𝑇 value.

Figure 3.6: Schematic of a two-stage heat pump with internal
heat exchanger, based on reverse Rankine cycle

Table 3.8: Selected design specifications and constraints for
two-stage heat pump with internal heat exchanger, based on

reverse Rankine cycle

State/Components Imposed Constraints
1 x = 1,T = Tsource − ΔT
2 𝑝2 = 𝑝intm
3 𝑚̇ = 1kg/s,x = 1
4 None
5 T = Tsink + ΔT,x = 0
5b T5 = T7𝑏 + ΔT
6 X = Xref
7 b 𝑝7b = 𝑝intm

Compressor 𝜂is, c , 𝜂m , 𝜂motor

Like all the other two-stage configurations, for this configuration as well, there is only one degree of
freedom to optimize the cycle performance.

3.5. Model Setup: Reverse Brayton Cycles
This section reports the constraints applied to the different system models for the reverse Brayton cycle
heat pumps. Notice that the same model setup was used for both the working fluids considered i.e.
𝐶𝑂2 and Air.

Contrary to what was done in the thermodynamic cycle analysis of the reverse Rankine cycle-based
systems (in Section 3.4), the reverse Brayton cycle-based heat pump performance was evaluated for
two different scenarios or set of specifications. In the first scenario (referred to as “Baseline case”), the
system constraints were similar to that of reverse Rankine cycle-based systems i.e. temperature and
pressure (in place of x, as the working fluid is always in vapor phase) are specified at the outlet of the
heat exchangers corresponding to the sink and source of the heat pump.

However, it was hypothesized that this approach would have led to lower thermodynamic performance
values for the reverse Brayton cycle-based systems since the heat transfer in the sink (also in the
source) occurs under a large temperature difference rather at constant temperature as applicable for
the case of reverse Rankine cycle based systems. This implies that the maximum temperature at sink
inlet is much higher as compared to the reverse Rankine cycle based systems. Therefore, to take
into account this effect, in the second scenario (referred to as the “Sensible Heat Sink Case”), the
maximum temperature of the working fluid is prescribed at the sink inlet rather than the outlet, and set
equal to the condensing temperature of the inverse Rankine cycle systems. This implies that a finite
temperature drop over the sink is assumed for the stream to be heated up by the heat pump. In the
following subsections, the constraints of both scenarios are shown for each of the cycle configurations.
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3.5.1. Single Stage

Figure 3.7 shows the schematic of the model developed for a single-stage heat pump system based
on the reverse Brayton cycle. Table 3.9 shows the imposed constraints at the different state points in
the model, for the two considered scenarios.

Figure 3.7: Schematic of single-stage heat pump based on reverse Brayton cycle

In the baseline scenario, the thermodynamic cycle has two degrees of freedom: 𝑝high and 𝑝low i.e. the
pressure values at the sink and source respectively. This is different from the case of reverse Rankine
cycle-based systems because there is no phase change. Therefore in addition to the temperature
value, the pressure value also needs to be specified.

Table 3.9: Selected design specifications and constraints for single stage heat pump based on reverse Brayton cycle

State/Components Imposed Constraints
(Baseline Case)

Imposed Constraints
(Sensible Heat Sink Case)

1 𝑇1 = 𝑇source − ΔT, 𝑚̇ = 1kg/s 𝑇1 = 𝑇source − ΔT, 𝑚̇ = 1kg/s
2 None 𝑇2 = 𝑇sink + ΔT
3 T3 = Tsink + ΔT, 𝑝3 = 𝑝high T3 = Tsink + ΔT− ΔTsink
4 𝑝4 = 𝑝low ,X = Xref 𝑝4 = 𝑝low ,X = Xref

Compressor 𝜂is, c , 𝜂m 𝜂is, c , 𝜂𝑚
Turbine 𝜂is, t , 𝜂m 𝜂is, t , 𝜂m

In the sensible heat sink case, it is not necessary to specify the pressure value in the sink as the
temperature at the compressor outlet is also imposed. The temperature drop of the working fluid over
the sink heat exchanger (ΔTsink) becomes the design parameter in place of 𝑝high. As a result, there are
two degrees of freedom in this case as well.

3.5.2. Single Stage with Recuperator

Figure 3.8 shows the schematic of the model developed for a single-stage heat pump system with a
recuperator, based on the reverse Brayton cycle. Table 3.10 shows the imposed constraints at different
state points in the model, for the two different scenarios.

In this heat pump configuration, an additional constraint is imposed at State 2 to prescribe a minimum
approach temperature in the recuperator. The value taken for this variable is the same as the one used
for other heat exchangers. Similarly to the previous single stage configuration, the thermodynamic
cycle has two degrees of freedom i.e. 𝑝high and 𝑝low.
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For the sensible heat sink scenario, only the specifications in State 3 and State 4 are changed with
respect to the baseline case. Two degrees of freedom are also present in this case, namely, ΔTsink and
𝑝low. However, the value of ΔTsink and ΔT have to be chosen carefully, as there are combinations that
can lead to an unfeasible temperature profile in the recuperator.

Figure 3.8: Schematic of a single-stage heat pump with recuperator, based on reverse Brayton cycle

Table 3.10: Selected design specifications and constraints for single stage heat pump with recuperator, based on reverse
Brayton cycle

State/Components Imposed Constraints
(Baseline Case)

Imposed Constraints
(Sensible Heat Sink Case)

1 𝑇1 = 𝑇source − ΔT, 𝑚̇ = 1kg/s 𝑇1 = 𝑇source − ΔT, 𝑚̇ = 1kg/s
2 𝑇2 = 𝑇4 − ΔT 𝑇2 = 𝑇4 − ΔT
3 None 𝑇2 = 𝑇sink + ΔT
4 T4 = Tsink + ΔT, 𝑝4 = 𝑝high T4 = Tsink + ΔT− ΔTsink
5 None None
6 𝑝6 = 𝑝low ,X = Xref 𝑝6 = 𝑝low ,X = Xref

Compressor 𝜂is, c , 𝜂m , 𝜂motor 𝜂is, c , 𝜂m , 𝜂motor
Turbine 𝜂is, t , 𝜂m , 𝜂gen 𝜂is, t , 𝜂m , 𝜂gen

3.5.3. Two Stage with Intercooling

Figure 3.9 shows the schematic of the model developed for a two-stage heat pump system with an
intercooler between the two compressors. Table 3.11 shows the imposed constraints at different state
points in the model, for the two different scenarios.

In this cycle configuration, two sink heat exchangers are present. Therefore, similar constraints are
applied to both the heat exchangers. The internal recuperator is constrained similarly to the previous
case of the single stage heat pump with internal recuperation. An additional degree of freedom is
present for the baseline case, namely, the intermediate pressure level (𝑝intm). Thus, in the baseline
scenario, three degrees of freedom are available for this cycle configuration.

The value for 𝑝intm becomes redundant for the sensible heat sink scenario, as the temperatures at the
inlet and outlet of the intercooler (the additional heat sink) are fixed. Thus, the thermodynamic cycle
has only two degrees of freedom in the sensible heat sink scenario: ΔTsink and 𝑝low.
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Figure 3.9: Schematic of a two-stage heat pump with an intercooler, based on reverse Brayton cycle

Table 3.11: Selected design specifications and constraints for two-stage heat pump with an intercooler, based on reverse
Brayton cycle

State/Components Imposed Constraints
(Baseline Case)

Imposed Constraints
(Sensible Heat Sink Case)

1 𝑇1 = 𝑇source − ΔT, 𝑚̇ = 1kg/s 𝑇1 = 𝑇source − ΔT, 𝑚̇ = 1kg/s
2 𝑇2 = 𝑇4 − ΔT 𝑇2 = 𝑇4 − ΔT
2b 𝑝2𝑏 = 𝑝intm 𝑇2𝑏 = 𝑇sink + ΔT
2c 𝑇2𝑐 = 𝑇sink + ΔT 𝑇2𝑐 = 𝑇sink + ΔT− ΔTsink
3 None 𝑇3 = 𝑇sink + ΔT
4 T4 = Tsink + ΔT, 𝑝4 = 𝑝high T4 = Tsink + ΔT− ΔTsink
5 None None
6 𝑝6 = 𝑝low ,X = Xref 𝑝6 = 𝑝low ,X = Xref

Compressor 𝜂is, c , 𝜂m , 𝜂motor 𝜂is, c , 𝜂m , 𝜂motor
Turbine 𝜂is, t , 𝜂m , 𝜂gen 𝜂is, t , 𝜂m , 𝜂gen

3.5.4. Two Stage with Intercooling and Vapor Injection

Figure 3.10 shows the schematic of the model developed for a two-stage heat pump system with an
intercooler and vapor injection. Table 3.12 shows the imposed constraints at different state points in
the model, for the two different scenarios.

In this cycle configuration, two internal heat exchangers are present along with two heat exchangers
representing the heat pump sink. The value of temperature at State 2 was selected in accordance to the
minimum ΔT deemed feasible for both heat exchangers. Similar to the previous two-stage configuration,
two degrees of freedom are present for this cycle configuration in the baseline scenario (Table 3.12).

For the sensible heat sink scenario, the cycle specifications are similar to those of the baseline scenario.
However, in this case, ΔTsink corresponding to the second heat pump sink has to be limited to prevent
a too low temperature in the low-pressure recuperator. Two degrees of freedom are available in this
cycle configuration or the sensible heat sink scenario (Table 3.12).
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Figure 3.10: Schematic of a two-stage heat pump with an intercooler and vapor injection, based on reverse Brayton cycle

Table 3.12: Selected design specifications and constraints for two-stage heat pump with an intercooler and vapor injection,
based on reverse Brayton cycle

State/Components Imposed Constraints
(Baseline Case)

Imposed Constraints
(Sensible Heat Sink Case)

1 𝑇1 = 𝑇source − ΔT 𝑇1 = 𝑇source − ΔT
2 𝑇2 = T4 − 3 ⋅ ΔT 𝑇2 = T4 − 3 ⋅ ΔT
2b 𝑝2𝑏 = 𝑝intm 𝑇2𝑏 = 𝑇sink + ΔT
2c 𝑇2𝑐 = 𝑇sink + ΔT 𝑇2𝑐 = 𝑇sink + ΔT− ΔTsink
2d 𝑚̇ = 1kg/s 𝑚̇ = 1kg/s
3 None 𝑇3 = 𝑇sink + ΔT
4 T4 = Tsink + ΔT, 𝑝4 = 𝑝high T4 = Tsink + ΔT− ΔTsink
5 None None
5b 𝑝5𝑏 = 𝑝intm 𝑝5𝑏 = 𝑝2𝑏
5c 𝑇5𝑐 = 𝑇4 − ΔT 𝑇5𝑐 = 𝑇4 − ΔT
4b 𝑇4𝑏 = T2 + ΔT 𝑇4𝑏 = T2 + ΔT
6 𝑝6 = 𝑝low ,X = Xref 𝑝6 = 𝑝low ,X = Xref

Compressor 𝜂is, c , 𝜂m , 𝜂motor 𝜂is, c , 𝜂m , 𝜂motor
Turbine 𝜂is, t , 𝜂m , 𝜂gen 𝜂is, t , 𝜂m , 𝜂gen

3.6. Compressor Conceptual Design
In the final phase of the project, a conceptual design of the required turbomachinery components was
made, as mentioned earlier in Section 2.9. This section provides details regarding the method adopted
for the conceptual design of the compressor. First, the general design methodology is explained, which
is followed by a description of the procedure adopted for design optimization.

3.6.1. General Design Method

Radial compressors are widely used for heat pump applications, as they allow for high pressure ratios
with a few stages and for relatively low working fluid mass flow rates [86]. In the current project as well,
only radial compressors were considered. Figure 3.11 shows the general schematic of a single stage
radial compressor, highlighting the different sections [87]. The incoming flow is turned by the impeller,
leading to a pressure increase, due to the combined effect of centrifugal forces and the flow turning.
The flow is further decelerated in a diffuser, recovering part of the kinetic energy from the flow. To study
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the conceptual design of a radial compressor, the turbomachinery design suite called TurboSim was
used. This tool is developed by the Power and Propulsion research group of the Delft University of
Technology [87]. The general methodology used by the program is provided below, based on [87][88].

Figure 3.11: Meridional view of a generic radial compressor stage, with an overhung volute and vaneless diffuser [87].

The conceptual design of the compressor is obtained using a reduced-order model. Using the similarity
rules, the characteristics of a single stage radial compressor, represented by vector𝑦𝑦𝑦, can be expressed
as a function of different parameters, as shown in Equation (3.6). The design characteristics contained
in 𝑦𝑦𝑦 include, but are not limited to, rotational speed, values of different efficiencies, operating range,
radii information, etc.

𝑦𝑦𝑦 = 𝑓 (𝜙t1, 𝜓, 𝛼2, 𝛽, 𝛾𝑃𝑣 ,Re, 𝜎𝜎𝜎) (3.6)

The impeller flow angles are fixed, once the non-dimensional duty coefficients such as the flow coef-
ficient (𝜙), the work coefficient (𝜓), and the degree of reaction (𝜒) are selected. For the case of radial
compressors, often in practice, the flow coefficient is replaced by the swallowing capacity (𝜙𝑡,1), and the
absolute flow angle at the inlet of the diffuser (𝛼2) replaces the degree of reaction. The latter parameter
(𝛼2) also directly affects the diffuser stability. The vector 𝜎𝜎𝜎 in Equation (3.6), represents the group of
non-dimensional geometric design parameters. The information related to the impact of viscous effects
is obtained via the average value of Reynolds number (Re) within different sections of the compressor.
The other two parameters in Equation (3.6), 𝛽 and 𝛾𝑃𝑣 represent the required pressure ratio and the
average value of the isentropic pressure-volume exponent. The amount of specific work delivered by
the impeller is a function of these two parameters.[87]

The required physical properties of the working fluid are computed using an external thermodynamic
library, developed by NIST [89]. The reduced order model used is derived following a lumped parameter
approach. The dimensions of the stage and the different required flow quantities are evaluated at
different stations along themeridional channel, as shown by Figure 3.11. It is assumed that the incoming
flow is axial, as no inlet guide vanes are present. Using the given value of swallowing capacity (as
specified by the user), the inlet velocity triangle is determined by minimizing the relative Mach number
at the inducer shroud, as per the design guidelines given in [90]. To capture the effect of changes in
centrifugal potential and free-vortex flow distribution, five different span-wise computational points are
considered at the inducer section. After computing the inlet state, an initial guess for the outlet velocity
triangle is obtained using the given values for 𝛼2 and isentropic work coefficient 𝜓𝑖𝑠. Once this initial
guess is obtained, the effect of slip and other losses is taken into account to update the flow quantities.
An iteration is then carried out over the value of𝜓 until the achieved pressure ratio by the stagematches
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the required target. The impact of losses and slip is evaluated via themeans of semi-empirical relations,
where some of the factors need to be tuned based on the type of impeller considered. Further details
about the different models used are provided in [87]. If the calculated throat length is found to be lower
than a given threshold value, the use of splitter blades is considered iteratively, until a feasible impeller
design is obtained. In terms of diffuser design, no diffuser vanes are considered. The flow distribution
through the diffuser is obtained via integration of a system of differential equations (a two-dimensional
system), as derived in [91]. Lastly, to obtain a preliminary design of the volute, a set of conservation
equations are used. However, to simplify the design procedure, the assumption of no friction and no
pressure gradient in the circumferential direction is made.

The general design methodology implemented in TurboSim estimates the whole operating range of
the machine, rather than only evaluating compressor performance at a single design point. Therefore,
the performance computation at off-design conditions and the calculations of the maximum operating
range of themachine is also included. To this purpose, themass flow rate through the stage is increased
successively, starting from the design point mass flow rate value. The choking point of the compressor
stage is determined by evaluating the meridional Mach number at the exducer outlet and the relative
Mach number at the throat section of the blade passage. This second parameter is computed at five
span-wise locations, by solving one-dimensional isentropic flow equations at the respective location.
Once the outlet meridional Mach number becomes equal to one or the relative Mach number at the
throat is one at all the span-wise locations, the stage is considered as choked. The minimum mass
flow rate depends instead on two phenomena, surge and rotating stall. For the estimation of the surge,
the slope of pressure ratio and mass flow rate curve is analyzed. As this slope becomes zero (𝑑𝛽/𝑑𝑚̇
= 0), the initiation of surge is expected [92]. For the rotating stall, a semi-empirical correlation, provided
in [93], is used, as the associated flow phenomenon with rotating stall inception is very complex and
as a result, time-dependent 3D CFD analysis is required for accurate prediction [94]. This correlation
provides a critical value for the absolute flow angle at the inlet of the diffuser (𝛼2,𝑐), for a given design.
So, to estimate the minimummass flow rate, the mass flow rate value through the stage is continuously
reduced until, either the surge limit (𝑑𝛽/𝑑𝑚̇ = 0) or the rotating stall inception limit (𝛼2 > 𝛼2,𝑐) is obtained.

The above description is related to the design of the single-stage machine. However, for this project, a
twin-stage configuration was also explored, as the single-stage configuration was found to be infeasible
in some cases. The twin stage configuration considered in this project, which is implemented in Tur-
boSim, is a back-to-back configuration, see Figure 3.12. Both the stages are placed on the same shaft
and have individual overhung-type volutes. Compared to the methodology explained above, there are
two additional points to consider when looking into the conceptual design of the twin-stage machine.
Firstly, as both the stages are on the same shaft, the rotational speed is constrained for the second
stage, as it results from the design of the first stage. Therefore, for a fixed first stage design, the value
of the flow coefficient of the second stage determines the work coefficient for the second stage. Sec-
ondly, the maximum axial thrust exerted by the two stages may be critical for the bearings. In the current
project, no constraints on the axial thrust were considered as the bearing technology is unknown at this
stage of the research. There are also some additional constraints related to the twin-stage configura-
tion, such as the electric motor cooling and the amount of bleed mass flow rate required for cooling.
All of these features are implemented in TurboSim, but for the current project, these aspects were not
considered, given the preliminary character of the investigation. Thus, for the sake of simplifying the
compressor design, no motor cooling via the working fluid was considered. Nevertheless, a qualitative
investigation of the electric motor feasibility was conducted based on data in the the literature. The
conceptual design model for the compressor has also been validated against experimental data. The
details about the validation and verification of TurboSim are provided in [87][88].
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Figure 3.12: Meridional view of a twin stage radial
compressor in a back-to-back configuration [88].

Table 3.13: Selected bounds of the design variables for
compressor design optimization.

Design Variable Lower Bound Upper Bound
𝜅s 0.5 2
𝜙t1 0.02 0.2
𝜓is 0.6 1.0
𝛼2 60𝑜 75𝑜
𝑘 0.65 0.97
𝑁b 12 26
𝑅3/𝑅2 1.3 2
𝑅r, pinch 0 1
𝐻r, pinch 0 1

3.6.2. Design Optimization

Using the conceptual design model of the radial compressor, a design optimization was also carried
out. Two objectives were considered in the optimization problem (which need to be maximized), total-
to-total efficiency and operating range (𝑂𝑅). The value of the efficiency used as the objective function
is determined as the weighted average of the total-to-efficiency value over the design speed line. The
definition of 𝑂𝑅 is given in Equation (3.7), where 𝑚̇des represents the mass flow rate value at design
point. The value of 𝑚̇max and 𝑚̇min were estimated considering the choking and stall/surge limits,
discussed above. The design optimization problem is thus a multi-objective problem, resulting in a
set of design solutions, instead of a single optimal design. These design solutions form the so-called
“Pareto front” of the problem. The selection of the design point from the “Pareto front” is then governed
by the application requirements.

𝑂𝑅 =
(𝑚̇max − 𝑚̇min)

𝑚̇des
(3.7)

The mathematical formulation of the design optimization problem is shown below, where M and U
represent the Mach number and peripheral speed respectively. All the constraint functions (𝑔(𝑥𝑥𝑥)) rep-
resent inequality constraints, where the sign is adjusted such that for feasible designs all 𝑔(𝑥𝑥𝑥) < 0. The
actual values of the constraints depend on the specific case. The imposed inequality constraints are
set to ensure the mechanical and manufacturing feasibility of a design solution. The upper and lower
bounds of the different design variables are instead shown in Table 3.13. The values listed in this table
were used for both stages. All the design variables are treated as float points except for the number of
blades variable (𝑁), which is treated as an integer.

This design optimization framework is also available in the TurboSim package. To reduce the com-
putational cost of an individual function evaluation during optimization, only the design speed line is
considered for the evaluation of both objective functions and constraints. Python library Pymoo [95]
is used for implementation of this multi-objective optimization problem and the selected optimization
method is the NSGA-II algorithm [96]. The selection of an evolutionary algorithm for the optimization
was motivated by the characteristics of the problem and the objectives functions. Further details related
to the problem characteristics and the motivation behind the selection of this algorithm are provided in
Appendix D.
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Minimize 𝑓1(𝑥𝑥𝑥) = 1 − 𝜂𝑡𝑡,avg , 𝑓2(𝑥𝑥𝑥) = 1 − 𝑂𝑅 ,

with respect to 𝑥𝑥𝑥 = [𝜅𝑠 , 𝜙𝑡1, 1𝑠 , 𝜓𝑖𝑠, 1𝑠 , 𝛼2, 1𝑠 , 𝑘1𝑠 , 𝑁1𝑠 , (
𝑅3
𝑅2
)1𝑠 ,R𝑟, pinch, 1s ,Hr, pinch, 1s ,

𝜙𝑡1, 2𝑠 , 𝜓𝑖𝑠, 2𝑠 , 𝛼2, 2𝑠 , 𝑘1𝑠 , 𝑁2𝑠 , (
𝑅3
𝑅2
)2𝑠 ,Rr, pinch, 2s,Hr, pinch, 2s] ,

subject to 𝑔1(𝑥𝑥𝑥) = 𝛽2 + 𝛽2,max
𝑔2(𝑥𝑥𝑥) = 𝑈2 − 𝑈2,max
𝑔3(𝑥𝑥𝑥) = 𝑀3 −𝑀3,max
𝑔4(𝑥𝑥𝑥) = 𝐴𝑅volute − 𝐴𝑅volute, max
𝑔5(𝑥𝑥𝑥) = 𝐴𝑅volute, min − 𝐴𝑅volute
𝑔6(𝑥𝑥𝑥) = 𝑅𝑃𝑀 − 𝑅𝑃𝑀max

𝑔7(𝑥̄) = 𝑚̇des −Max choke margin ⋅ 𝑚̇choke

𝑔8(𝑥𝑥𝑥) = 𝛽𝑡𝑡 − (1 +Max deviation) ⋅ 𝛽𝑡𝑡 target
𝑔9(𝑥𝑥𝑥) = (1 −Max deviation) ⋅ 𝛽𝑡𝑡,𝑡𝑎𝑟𝑔𝑒𝑡 − 𝛽𝑡𝑡
𝑔10(𝑥𝑥𝑥) = 𝑊𝑖𝑛𝑝𝑢𝑡 −Max Power ,

3.7. Turbine Conceptual Design
For the case of reverse Brayton cycle-based configurations, the conceptual design of the turbine was
also considered. This section provides detail of the methodology used for the conceptual design of this
component.

For this project, a radial turbine was considered. The radial turbines exhibit high-pressure ratios with a
single stage and are often characterized by a lower rotational speed than axial turbines for the same inlet
conditions [97]. Similar to the case of radial compressors, a positive contribution from the centrifugal
effect is achieved for these machines as well. Figure 3.13 shows a simplified schematic of a radial
turbine machine, highlighting the different sections [98]. In this case, the flow enters the stator vanes via
an overhung volute. After getting accelerated and deflected via the stator vanes (also called nozzles),
the flow enters the rotor. Through the rotor, the flow is turned. The combination of aerodynamic forces
on the blades generated by the flow and Coriolis force effects due to change in radius results in a net
work output. After the rotor, flow enters a diffusing channel, to achieve a higher total-to-static efficiency,
via the means of kinetic energy recovery. For the conceptual design of the radial turbine, given the
system requirements, again TurboSim was used.

Similar to the compression design methodology, a reduced order model was used. Applying the simi-
larity rule to the radial turbine machine, the design characteristics can be written as a function of duty
coefficients, required expansion ratio, non-dimensional geometrical design parameters, flow conditions,
and the working fluid characteristics. The resulting equation would be the same as Equation (3.6). Ex-
panding further, the shape of the velocity triangles for the case of radial turbines is fully defined when
the flow coefficient at station 3 (𝜙3) is also known. Therefore, 𝜙3 is a function of flow coefficient at sta-
tion 2 (𝜙2) i.e. 𝜙3 = f(𝜙2). However, the ratio of flow coefficients can also be substituted by the ratio
of the radii of the machine, as shown by Equation (3.8). As a result, by fixing the duty coefficients and
the non-dimensional radius ratio, the velocity triangles are fully defined. Thus, the similarity equation
for radial turbines can be written as shown in Equation (3.9).

𝜙3
𝜙2

= 𝑈2
𝑈3
𝑣3𝑚
𝑣2𝑚

= 𝑅2
𝑅3
𝑣3𝑚
𝑣2𝑚

∝ 𝑅2𝑅3
𝐴3
𝐴2

(3.8)
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Figure 3.13: Meridional view of a generic radial turbine stage, with an overhung volute and vaned stator [98].

𝑦𝑦𝑦 = 𝑓 (𝜙2, 𝜓, 𝜒, 𝛽, 𝑅𝑒𝑚 ,
𝑅2
𝑅3
, 𝜎𝜎𝜎, fluid ) (3.9)

The flow at the inlet of the rotor is considered purely radial and the flow at the exit of the rotor is
considered purely axial. In the case of radial turbines, slip also plays an important role, but at the inlet.
The presence of slip reduces the amount of work achievable by increasing the tangential component of
velocity at the inlet. To cope with this, highly negative incidence angles are generally adopted in radial
turbines. As a result, the degree of reaction thus becomes a redundant parameter, because the angle
at the inlet of the rotor blade is set. The required physical properties of the working fluid are computed
using an external thermodynamic library developed by NIST [89], as for the compressor design method.

The reduced order model used for the turbine design is also derived following a lumped parameter ap-
proach. The dimensions of the stage and the different required flow quantities are evaluated at different
stations in the meridional channel, as shown in Figure 3.13. Once the values of duty coefficients (flow
coefficient (𝜙) and isentropic work coefficient (𝜓)) and the non-dimensional radius ratio are selected,
the ideal velocity triangles are computed. After this initial guess is obtained, the effect of slip and other
losses is taken into account to update the flow quantities. An iteration is then carried out over the value
of 𝜓 until the achieved expansion ratio by the stage matches the required target. The impact of losses
and slip is evaluated via the means of semi-empirical relations [99]. For the design of the diffuser, the
required parameters such as cant angle, divergence angle, and the area ratio are provided as inputs.
Based on these input values, a diffuser design is computed using the conservation equations. Finally,
the diffuser losses are calculated and the final stage efficiency value is updated. For the case of the
turbine, the volute design was not included. However, the general design procedure is similar to the
one for compressor [100].

For the conceptual design of the radial turbine, only design point calculations were performed. In terms
of optimization, only non-dimensional duty coefficients (𝜙 and 𝜓) were used as optimization variables.
The objective was tomaximize the total-to-total efficiency of themachine. The values of the other design
variables, such as radius ratios and diffuser geometry, that are not optimized, were selected based on
reference designs available in the literature for similar operating conditions. Due to the relatively simple
optimization problem (as compared to compressor design optimization), the gradient-based algorithm
(NelderMead) [101] was deemed sufficient for this case.



4
Model Verification

All the system models were verified before proceeding with the thermodynamic cycle analysis. The
individual subsystem models used for the system model were already verified, as they were developed
as a part of the DeSimECS library, a modeling library developed by the Power and Propulsion research
group of Delft University of Technology. The following approach was used to verify the system models
developed as a part of this project. Firstly, different system-level tests were conducted to ensure the
proper functioning of the system model. An example of such a test is that the sum of source thermal
power and the compressor power should be equal to the sink thermal power, as per the total energy
balance. In the case of the reverse Brayton cycle-based models, the overall energy balance includes
the work output of the turbine. The results of further tests are provided in Appendix B. As a final system
test, reference cases from the literature for similar heat pump cycle configurations were reproduced,
and the values of COPh provided in the literature sources were compared with the values obtained
using the system models. This section provides the results of this verification tests.

For the reverse Rankine cycle-based heat pump configurations, the reference case was taken from
[74] . The paper investigated the use of a heat pump to produce hot water that is then used to preheat
crude oil, using the available cold water as the thermal energy source. The details of this case are
provided in Table 4.1.

Table 4.1: Data of the test case used to verify the reverse Rankine cycle-based models.

Boundary Condition Value Unit
Evaporation temperature 25-35 ∘C
Condensation temperature 98 ∘C
Degree of superheating after evaporator 3 ∘C
Degree of subcooling after condenser 5 ∘C
Pinch Point temperature in evaporator 5 ∘C
Intermediate Pressure √𝑝low ⋅ 𝑝high MPa
Working fluid R152a -

The temperature of the working fluid in the condenser (sink) is fixed, while the evaporator temperature
is varied in the range 25∘-35∘C. As shown by Table 4.1, the reference thermodynamic cycles con-
sider working fluid superheating and subcooling which were, instead, neglected in the system models
discussed earlier in Section 3.4 and Section 3.5. Therefore, additional heat exchangers (using one
medium) were added for this verification case to account for the superheating and subcooling of the
working fluid. Figure 4.1 shows an example of the modified system configuration for the two-stage heat
pump with direct injection.

Figure 4.2 shows the obtained values ofCOPh for different evaporation temperatures and different heat
pump configurations, along with the results derived from [74]. The solid lines represent the data given
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Figure 4.1: Modified two-stage configuration with direct injection after addition of superheating and subcooling.

in [74], while the dashed lines indicate the simulation results. All the system models showed a similar
variation of COPh with the evaporation temperature, in accordance with the results in [74]. However,
in terms of magnitude, the values of COPh obtained in the simulations are lower than the reference
values. Nevertheless, the relative error in COPh is less than 3 % for all the system models, as shown
by Figure 4.3.

Figure 4.2: Variation of COPh with source temperature for
verification test case of reverse Rankine cycle based

configurations.

Figure 4.3: Relative error in COPh (with respect to reference
COPh) obtained for verification test of reverse Rankine cycle

based configurations.

The reason behind the observed difference is due to the uncertainty in the value of compressor isen-
tropic efficiency (𝜂is, c). For the reference case, 𝜂is, c is considered a function of compressor‘s pressure
ratio (𝛽total), whereas, in the developed system models a constant value of 𝜂is, c (= 0.92) is used. This
explains why a higher error is obtained for high values of evaporation temperature for all the configu-
rations. With an increase in evaporation temperature, the required 𝛽total decreases, thus leading to a
higher 𝜂is, c. The specific function used by the authors for 𝜂is, c is not reported, which makes it difficult
to compare the 𝜂is, c values. Nevertheless, the developed system models can be considered verified
given the low relative error obtained and the fact that the general trends of COPh are in accordance
with the reference case for all the heat pump configurations.

The reference data shown in Figure 4.2 has been extracted using an automated graph data extractor
tool [102], since the data given in the paper was in a graphical format. As a result, the COPh values
shown for the reference case are affected by uncertainties. For the purpose of system verification, this



47

can be considered acceptable since the difference observed between the results of the reference case
and the simulations is mainly caused by the difference in 𝜂is, c values.

A reference case was also selected for the system models based on the reverse Brayton cycle [45].
The data for this reference case, provided in Table 4.2, corresponds to transcritical cycle configuration.
Thus, the working fluid is in a two-phase region during expansion. Therefore, a simple isenthalpic
expansion valve was used instead of a turbine.

Table 4.2: Data of the test case used to verify the reverse Brayton cycle-based models.

Boundary Condition Value Unit
Source temperature 0 ∘C
Sink outlet temperature 45 ∘C
Low pressure value 3.485 MPa
High pressure value 9 − 13 MPa
Temperature increase due to internal recuperation 20 ∘C
Mechanical efficiency 95 %
Intermediate Pressure √𝑝low ⋅ 𝑝high MPa
Working fluid CO2 -

Also in this case, the 𝜂is, c value is not taken constant by the authors but it varies as a function of 𝛽total.
However, the correlations expressing the relation between 𝜂is, c and 𝛽total was provided in the paper.
So it was possible to implement this relation in the system models. Figure 4.4 shows the variation of
COP with respect to the maximum cycle pressure (𝑃high) obtained for the system models, along with
the reference results obtained from [45]. Similar to the case of reverse Rankine cycles, solid lines in
Figure 4.4 indicate the reference values, whereas the dashed lines represent the values obtained using
the systemmodels. The values obtained by the systemmodels agree with the reference values. This is
also apparent from Figure 4.5, where the relative error percentages are shown for different heat pump
configurations. The average relative error for the two-stage configuration with intercooler and single-
stage configuration with recuperator is less than 0.5%. However, for the case of two-stage configuration
with vapor injection and internal heat exchanger, a higher relative error is obtained (maximum deviation
-2 % to 1%, as a function of 𝑃high).

Figure 4.4: Variation of COPh with compressor outlet
pressure for the verification test case of reverse Brayton

cycle-based configurations.

Figure 4.5: Relative error in COPh (with respect to reference
COPh) obtained for verification test of reverse Brayton cycle

based configurations.

A possible reason for the discrepancy observed for this particular configuration is a possible mismatch
of the minimum approach temperature in the internal heat exchangers (Δ𝑇min, HEX), as the value of
such a parameter is not provided in [45]. In the system models, a Δ𝑇min, HEX of 10 K is used. As for
the verification exercise of the reverse Rankine cycle, the reference data shown in Figure 4.4 was
obtained using an automated tool to extract numerical data from graphs [102], and thus, are affected
by uncertainties. Nevertheless, the reverse Brayton cycle-based models can be considered as verified
given the small relative error obtained for the system models.





5
Thermodynamic Performance Analysis

5.1. Reverse Rankine Cycle
The results of the thermodynamic cycle analysis performed for the different heat pump configurations
based on the reverse Rankine cycle are presented in this section. The general structure of all the
subsections is: firstly, the obtained COPh trends are discussed, and then the reason behind such
trends is explored by inspecting the underlying thermodynamic cycle on a temperature/specific entropy
plane (𝑇𝑠 plane).

5.1.1. Single Stage

The single-stage heat pump configuration does not have any degree of freedom once the sink temper-
ature is fixed. Figure 5.1 shows the process flow diagram of this heat pump concept.Table 5.1 shows
the estimated COPh for this single-stage heat pump configuration when the sink temperature is varied.
If the temperature lift is increased by 150∘C, passing form a sink temperature of 150∘C to 250∘C, the
obtained COPh decreases by approximately 53 %. This implies that rising the sink temperature, the
maximum achievable COPh decreases rapidly, as also shown by some of the studies conducted in
literature for similar temperature lift values, but at lower temperature levels [74][75].

Figure 5.1: Schematic of the single-stage reverse Rankine cycle system.

With an increase in the temperature lift of 100∘C, the amount of thermal energy transferred to the sink
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also increases by about 18.5 % (relative). However, the required compressor work input increase is
around eight times higher (150 % relative increase). As a result of this unbalanced increase in the
thermal energy output and the work input, the COPh of the heat pump decreases.

Table 5.1: Results obtained for the single-stage reverse Rankine cycle system.

Parameter Unit Tsink = 150 ∘C Tsink = 200 ∘C Tsink = 250 ∘C

COPh - 3.94 2.47 1.87
𝑇𝑚𝑎𝑥 ∘C 408.7 631.1 838.4
𝛽total - 8.81 27.18 66.86
𝑄̇cond 𝑀𝑊 2.6 2.86 3.1
𝑄̇evap 𝑀𝑊 1.98 1.76 1.52
𝑊comp 𝑀𝑊 0.66 1.16 1.66

The pressure difference between the source and sink side depends on the selected 𝑇source, 𝑇sink and
Δ𝑇min since the working fluid needs to undergo evaporation and condensation at the respective tem-
peratures while ensuring a feasible thermal energy exchange within the heat exchangers. Therefore,
with an increase in 𝑇sink, the required pressure ratio also increases, leading to an increased compres-
sor exit temperature. For the case of 𝑇sink = 250∘C, the compressor exit temperature reaches higher
than 800∘C, and the required pressure ratio is around 67, thus making the design of the compressor
challenging. However, even for a lower 𝑇sink of 200∘C, the required pressure ratio is 27. In most of
the literature studies, the maximum pressure ratio per stage is limited to around 3.5, considering both
technical and economic constraints [103][104]. Therefore, for a feasible implementation of this heat
pump configuration, a multi-stage compressor would be required. Regardless, the mechanical prob-
lems associated with a compressor exit temperature greater than 600∘C would still pose a challenge
from both technical and economic viewpoints [103].

Figure 5.2: 𝑇𝑠 diagram highlighting the effect of sink temperature on a single-stage heat pump configuration based on the
Reverse Rankine cycle.

Figure 5.2 shows the 𝑇𝑠 diagram of the single stage heat pump configuration, using different 𝑇sink
values. The saturation dome and the iso-quality lines in the figure are shown in “black”, whereas the
thin “green” lines indicate the isobars. As the figure shows, the maximum cycle temperature increases
with an increase in the 𝑇sink value, leading to a higher value of superheating at the condenser inlet. This
implies that a large desuperheater would be needed, and depending on the nature of the process stream
to be heated, this could lead to increased irreversibilities in the heat exchanger. With an increase in
temperature lift, the cycle area also increases. Correlating this observation to the corresponding COPh
value, it can be argued that an increase in cycle area towards the right side of the saturation dome leads
to a lower COPh of the heat pump as the increase in compression work becomes orders of magnitude
higher than the thermal energy gained at the condenser side.
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5.1.2. Two Stage with Direct Injection

𝑝intm, the intermediate pressure level, was identified as the only degree of freedom for this heat pump
configuration. Therefore, the effect of 𝑝intm on the COPh was investigated, for increasing values of
𝑇sink. Figure 5.3 shows the schematic of this heat pump configuration.

Figure 5.3: Schematic of the two-stage heat pump with direct injection.

To ensure a consistent analysis among the different heat pump configurations, instead of directly vary-
ing the 𝑝intm value, the pressure ratio split between the two compressors, denoted by 𝑃frac, was used
as independent variable. In this way, the same values can be used across different heat pump config-
urations, and some general conclusions could be derived. Equation (5.1) defines 𝑃frac, where 𝜋comp, 1
refers to the pressure ratio of the low-pressure compressor (downstream of the evaporator) and 𝜋comp, 2
refers to the pressure ratio of the compressor before the condenser inlet, operating at higher pressure.

𝑃frac =
𝜋comp, 1
𝜋comp, 1

(5.1)

Figure 5.4 shows the trends of COPh as a function of 𝑃frac, for different 𝑇sink values. Similar to the
case of single-stage heat pump configuration, there is a steep decrease in the COPh value with an
increase in temperature lift, independent of the value of 𝑃frac. As a result of this, the effect of 𝑃frac
is not identifiable in the chart due to the large variation of COPh with 𝑇sink. Therefore, a normalized
COPh value is plotted against 𝑃fracin Figure 5.5. In this figure, the value of COPh is normalized with
the maximum COPh value for the that particular 𝑇sink.

With an increase in 𝑇sink value, the COPh-𝑃frac curve becomes flatter. However, the value of 𝑃frac
corresponding to the maximum COPh remains independent of 𝑇sink value and is equal to 1.0. For the
value of 𝑃frac higher than the optimal, the decrease in COPh is limited. However, for the 𝑃frac values
lower than the optimal value, the decrease in the COPh value is much more prominent. The highest
deviation in COPh, relative to the maximum COPh value, ranges from about 4 % to 0.5 % as the 𝑇sink
value increases from 150∘ to 250∘C. Thus, at higher temperature lift values, the choice of 𝑃frac value is
not critical for the heat pump performance. In such cases, 𝑃frac can be selected based on considerations
related to compressor design without as this quantity has a limited influence on the heat pump‘s COPh
value.

Figure 5.6 and Figure 5.7 show the heat pump 𝑇𝑠 diagram for different 𝑃frac values at 𝑇sink 150∘C and
200∘C respectively. When the value of 𝑃frac is low, the majority of the pressure rise is achieved in the
second compressor, which leads to a very high compressor work input and outlet temperature. The
main feature of this heat pump configuration is the inter-stage cooling via direct working fluid injection.



52 5. Thermodynamic Performance Analysis

Figure 5.4: Variation of COPh with 𝑃frac, for two-stage heat
pump configuration with direct injection.

Figure 5.5: Variation of normalized COPh (with respect to
maximum COPh) with 𝑃frac, for two-stage heat pump

configuration with direct injection.

The benefit of working fluid cooling before the second compressor is essentially nullified by having
such a low 𝑃frac value, and the resulting system resembles more a high-pressure ratio single-stage
system, thus featuring a lower COPh. On the contrary, at high values of 𝑃frac, even though the outlet
temperature of the first compressor (low-pressure level compressor) increases, the outlet temperature
of the second compressor (hence the required work input) remains close to the optimal value, due to
the cooling of working fluid via direct injection. As a result, the variation of COPh for high values of 𝑃frac
is much lower as compared to that at low values of 𝑃frac.

At the same time, with an increase in 𝑇sink, the required overall pressure ratio also increases. Therefore,
the pressure ratio of individual compressors also increases, resulting in a decreased influence of the
pressure ratio split, as the associated temperature levels are much higher, and the second compressor
inlet state is fixed as a saturated vapor.

Figure 5.6: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
150 ∘C on two-stage heat pump configuration with direct

injection.

Figure 5.7: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
200 ∘C on two-stage heat pump configuration with direct

injection.

Table 5.2 shows the optimal performance estimated for this heat pump configuration, for different sink
temperatures, where 𝛼inj represents the fraction of the total mass flow rate injected before the second
compressor. With an increase in the 𝑇sink value (from 150∘ to 250∘C), the obtained COPh decreases
by approximately 53 %, becoming similar to that obtained for the single-stage heat pump configuration.
However, for this configuration, the values of COPh are higher than the ones obtained for the single-
stage heat pump. The main reason for the better performance is the cooling of the working fluid before
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the second compressor stage, which decreases the total work input. The amount of thermal energy
available at the sink also decreases in this case, as the condenser inlet temperature is lower. However,
the decrease in the work input is higher than the decrease in the condenser duty (factor of 0.859
vs. 0.89), which results in a COPh increase. With an increase in 𝑇sink value, the amount of the fluid
injected also increases. This is because the thermodynamic state at the second compressor inlet is
fixed as a saturated vapor, and a higher amount of low-temperature working fluid is needed to reduce
the temperature to the desired level. Another effect of the fixed thermodynamic state at the second
compressor inlet is that the value of condenser duty (𝑄̇cond) remains similar for different 𝑇sink values.
However, the increase of compression work with an increasingly higher temperature lift, due to the
higher pressure ratio, results in a drop of COPh.

Table 5.2: Results obtained for the two-stage heat pump configuration with direct injection.

Parameter Unit Tsink = 150 ∘C Tsink = 200 ∘C Tsink = 250 ∘C

COPh - 4.09 2.56 1.92
𝑇𝑚𝑎𝑥 ∘C 271.43 390 498.3
𝛽total - 8.81 27.18 66.86
𝛼inj - 0.1 0.17 0.24

𝑃frac, optim - 1.0 1.0 1.0
𝑄̇cond 𝑀𝑊 2.33 2.33 2.30
𝑄̇evap 𝑀𝑊 1.79 1.46 1.16
𝑊comp, 1 𝑀𝑊 0.26 0.39 0.48
𝑊comp, 2 𝑀𝑊 0.31 0.52 0.72

Figure 5.8 shows the 𝑇𝑠 diagram of the optimal configuration of this heat pump concept for different
𝑇sink values. Compared with the single-stage heat pump configuration results, for each 𝑇sink value, the
amount of cycle area on the right side of the saturation dome is reduced. As a result of this, the required
compressor work is reduced, without sacrificing significantly 𝑄̇cond, thus the COPh increases. Similarly
to what was observed for the single-stage heat pump configuration, as the temperature lift increases for
a given source temperature, the cycle shifts towards the right, and themaximum temperature increases;
as a result, the system COPh drops. The required overall pressure ratio is the same as the single-
stage heat pump configuration. However, this configuration represents a feasible solution since two
compressors are present in the system, and the maximum temperature values are below 500∘C.

Figure 5.8: 𝑇𝑠 diagram showing the effect of sink temperature on two-stage heat pump configuration with direct injection.

5.1.3. Two Stage with Flash-tank

The two-stage heat pump configuration with flash-tank also has one degree of freedom i.e. 𝑝intm.
Similarly to the previous two-stage heat pump configuration with direct injection, the effect of the 𝑝intm
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on the COPh value was analyzed for this heat pump configuration. Figure 5.9 shows the schematic of
this heat pump configuration.

Figure 5.9: Schematic of the two-stage heat pump with flash-tank.

Figure 5.10 shows the variation of this heat pump configuration‘s COPh with 𝑃frac for different 𝑇sink.
Since, the scale of COPh is different for different 𝑇sink values, normalized COPh value is shown in
Figure 5.11 to better analyze the trend of COPh with 𝑃frac. The COPh value increases with 𝑃frac for
all the 𝑇sink values and the optimum values lies around the upper limit of 𝑃frac. As the 𝑇sink value
decreases, the COPh-𝑃frac curve becomes more flat, which is opposite to that obtained for the heat
pump configuration with direct injection. However, the dependency of COPh with 𝑃frac, is much lower
than that observed for the previously discussed heat pump configuration. The maximum deviation (with
respect to maximum COPh) ranges from around 1.25 % to 0.2 %, as the 𝑇sink value decreases from
250∘ to 150∘C. This is because the thermal energy available at the sink side is almost independent of
the 𝑃frac value. Therefore, the deviation in COPh mainly arises from the required work input difference.

Figure 5.10: Variation of COPh with 𝑃frac, for two-stage
configuration with flash-tank.

Figure 5.11: Variation of normalized COPh (with respect to
maximum COPh) with 𝑃frac, for two-stage heat pump

configuration with flash-tank.

Figure 5.12 and Figure 5.13 shows the heat pump‘s 𝑇𝑠 diagram for different 𝑃frac values at 𝑇sink 150∘C
and 200∘C respectively. In this heat pump configuration, the thermodynamic state at the inlet of the
second compressor is a superheated vapor since it results from the mixing of the stream coming from
the flash-tank, that is at saturated vapor conditions, and the superheated vapor coming from the first
compressor. For low 𝑇sink value, the deviation in the compressor work with 𝑃frac is found to be smaller
than that at high 𝑇sink value. The main reason behind such a result is the difference in the mass flow
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rate through the low-pressure level circuit. For the case of low 𝑇sink values, the difference in the mass
flow rate between the two circuits (low-pressure and high-pressure circuit) is larger than that at high
𝑇sink value, due to increased difference between liquid and vapor enthalpy at lower pressure values.
Nevertheless, the overall impact on the COPh is small, as also observed from Figure 5.11.

Figure 5.12: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
150 ∘C on two-stage heat pump configuration with flash-tank.

Figure 5.13: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
200 ∘C on two-stage heat pump configuration with flash-tank.

The 𝑃frac value of 1.0 was selected as the optimal value for this heat pump configuration. This was
chosen because an equal pressure ratio split helps in reducing the compressor design’s complexity,
with only limited impact on the COPh value, as apparent from the above results.

Table 5.3 shows the optimal thermodynamic cycle parameters for this heat pump configuration for the
different sink temperatures. The relative decrease in COPh due to an increase in the 𝑇sink is around
51 %, which is lower than the value found for previously mentioned heat pump configurations. This
is mainly because at the highest 𝑇sink value, this heat pump configuration performs better than the
previously mentioned configurations. However, despite having a betterCOPh at the highest 𝑇sink value,
the maximum temperature of the cycle is around 800∘C, which indicates that the mechanical complexity
of the heat pump design would be very high, especially to achieve a feasible compressor design. For
the other 𝑇sink values, the COPh values are lower than the two-stage heat pump configuration with
direct injection, as the net cooling of the working fluid before the inlet of the second compressor is
lower in this configuration as the output of the flash-tank is a saturated vapor.

Table 5.3: Results obtained for the two-stage heat pump configuration with flash-tank.

Parameter Unit Tsink = 150 ∘C Tsink = 200 ∘C Tsink = 250 ∘C

COPh - 3.95 2.52 1.95
𝑇𝑚𝑎𝑥 ∘C 410 623 802.5
𝛽total - 8.81 27.18 66.86
𝛼inj - 0.08 0.14 0.23

𝑃frac, optim - 1.0 1.0 1.0
𝑄̇cond 𝑀𝑊 2.62 2.85 3.01
𝑄̇evap 𝑀𝑊 1.99 1.77 1.55
𝑊comp, 1 𝑀𝑊 0.27 0.40 0.49
𝑊comp, 2 𝑀𝑊 0.39 0.73 1.05

Figure 5.14 shows the 𝑇𝑠 diagram of optimal two-stage heat pump designs for different 𝑇sink values.
Compared to the previous two-stage configuration, for each 𝑇sink value, the amount of cycle area on
the right side of the saturation dome has increased. As a result of this, the compressor work required
is increased, without a significant increase in 𝑄̇cond, except for the highest 𝑇sink case. The presence of
superheated vapor at the second compressor inlet leads to much higher compressor exit temperatures,
resulting in higher work input and lower COPh values. Compared to the previous two-stage configu-
ration, a large amount of desuperheating is also needed before/in the condenser for this configuration
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as the high pressure compressor‘s outlet temperature levels are much higher. This could also lead to
increased irreversibilities in the condenser, depending on the process application that is considered.

Figure 5.14: 𝑇𝑠 diagram showing the effect of sink temperature on two-stage configuration with flash-tank.

5.1.4. Two Stage with Saturator

Like the previously discussed two-stage heat pump configurations, also the two-stage configuration
with a saturator has only 𝑝intm as the degree of freedom. Figure 5.15 shows the schematic of this heat
pump configuration.

Figure 5.15: Schematic of the two-stage heat pump with saturator.

Figure 5.16 shows the variation of heat pump‘s COPh with 𝑃frac for different sink temperature levels,
while the normalized COPh values are shown in Figure 5.17. Similar to the other two-stage heat pump
configurations, there is an optimal 𝑃frac which maximizes theCOPh for all 𝑇sink values. With an increase
in 𝑇sink, the optimal 𝑃frac shifts towards higher values, varying from 1.08 for 𝑇sink 150∘C to 1.59 for 𝑇sink
for 250∘C. The COPh-𝑃frac curve becomes flatter with an increase in 𝑇sink. However, the change in
curvature of the trend-line is lower than the one observed for the other two-stage configurations. For
this heat pump configuration, the maximum deviation in COPh (with respect to maximum COPh) due
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to change in 𝑃frac, ranges from around 6.5 % to 4 %, as the 𝑇sink value increases from 150 to 250∘C
respectively. The deviation of COPh with 𝑃frac is highest for this configuration, as compared to those
previously discussed.

Figure 5.16: Variation of COPh with 𝑃frac, for two-stage heat
pump configuration with saturator.

Figure 5.17: Variation of normalized COPh (with respect to
maximum COPh) with 𝑃frac, for two-stage heat pump

configuration with saturator.

Figure 5.18 and Figure 5.19 show the heat pump‘s 𝑇𝑠 diagram for different 𝑃frac values at 𝑇sink 150∘C
and 200∘C respectively. The inlet thermodynamic conditions of the second compressor are those of
saturated vapor, regardless of the value of design parameters. Therefore, varying the value of 𝑃frac only
changes the location of the inlet state point on the saturated vapor line, similarly to what was observed
for the two-stage heat pump configuration with direct injection. The value of the mass flow rate through
the first compressor is directly influenced by the 𝑃frac value since this is a function of the saturator inlet
conditions. At very low values of 𝑃frac, the inlet temperature of the second compressor is lower but
requires a high pressure ratio. Due to this high outlet pressure requirement, the outlet temperature of
the second compressor increases (thus also the required total work input). On the contrary, for high
values of 𝑃frac, the condenser duty decreases because of lower condenser inlet temperatures. With an
increase in 𝑇sink value, maximumCOPh is achieved at high 𝑃frac values, because of higher temperature
requirements (Figure 5.19). Nevertheless, the effect of choosing a very low or very high 𝑃frac values is
similar for different 𝑇sink cases.

Figure 5.18: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
150 ∘C on two-stage heat pump configuration with saturator.

Figure 5.19: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
200 ∘C on two-stage heat pump configuration with saturator.

Table 5.4 reports the results of the optimization for this heat pump configuration for the different sink
temperatures. Instead of 𝛼inj, the value of mass flow rate through compressor 1 is reported (𝑚̇comp, 1).
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The value of 𝑚̇ through the second compressor is fixed at 1 kg/s. The COPh values obtained for
all 𝑇sink levels are highest for this heat pump configuration, compared to all the previously mentioned
configurations. The inlet state of the second compressor is the same as the one for the case of direct
injection. The amount of thermal energy available at the condenser is also similar to that estimated
for the configuration with direct vapor injection. However, the amount of thermal energy exchanged
in the evaporator is higher for this heat pump as compared to the configuration with direct injection
(Table 5.2), resulting in a lower work input. Consequently, this heat pump configuration outperforms
the direct injection heat pump configuration. With an increase in 𝑇sink from 150 to 250∘C, COPh drop
of about 51 % relative to the maximum COPh estimated for the minimum 𝑇sink is observed.

Table 5.4: Results obtained for the two-stage heat pump configuration with saturator.

Parameter Unit Tsink = 150 ∘C Tsink = 200 ∘C Tsink = 250 ∘C

COPh - 4.22 2.70 2.07
𝑇𝑚𝑎𝑥 ∘C 266.9 376.1 466
𝛽total - 8.81 27.18 66.86
𝑚̇comp, 1 - 0.84 0.73 0.62
𝑃frac, optim - 1.08 1.24 1.59
𝑄̇cond 𝑀𝑊 2.32 2.30 2.22
𝑄̇evap 𝑀𝑊 1.80 1.49 1.21
𝑊comp, 1 𝑀𝑊 0.25 0.37 0.45
𝑊comp, 2 𝑀𝑊 0.30 0.48 0.63

Figure 5.20 shows the 𝑇𝑠 diagram of optimal two-stage heat pump designs for different 𝑇sink values,
using saturator. Compared with the previous two-stage configuration results, for each 𝑇sink value, the
amount of cycle area has been increased towards the left inside the saturator dome. This results in a
higher COPh due to increased evaporator duty at a similar condenser duty value. With an increase in
𝑇sink value, the increase in the amount of compressor work input required is higher than the increase
in the thermal energy at the condenser side, resulting in a decrease in COPh value.

Figure 5.20: 𝑇𝑠 diagram showing the effect of sink temperature on two-stage heat pump configuration with saturator.

5.1.5. Two Stage with Internal Heat Exchanger

The last selected configuration for reverse Rankine cycle based heat pump adopts an internal heat
exchanger in place of the saturator or the flash tank, as shown in Figure 5.21. This heat pump config-
uration features only one degree of freedom, i.e., the intermediate pressure level 𝑝intm. The parameter
𝑃frac was used to analyze its effect on the thermodynamic performance of the heat pump.

Figure 5.22 shows the variation of heat pump‘s COPh with 𝑃frac for different temperature levels, while
the normalized COPh values are shown in Figure 5.23. With an increase in 𝑇sink value, the optimal 𝑃frac
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Figure 5.21: Schematic of the two-stage heat pump with internal heat exchanger.

also increases and the COPh-𝑃frac becomes more flatter, similar to two stage heat pump configuration
using direct injection and the configuration using saturator. The optimal 𝑃frac is found to shift from 0.95
for 𝑇sink 150∘C to 1.44 for 𝑇sink 250∘C. The deviation in COPh (with respect to maximum COPh) with
𝑃frac is found to vary from around 6 % to 3.5 % as the 𝑇sink value increases from 150 to 250 ∘C. Similar
to the heat pump configuration using saturator, the COPh for this heat pump configuration is more
sensitive to variations of 𝑃frac.

Figure 5.22: Variation of COPh with 𝑃frac, for two-stage heat
pump configuration with internal heat exchanger.

Figure 5.23: Variation of normalized COPh (with respect to
maximum COPh) with 𝑃frac, for two-stage heat pump

configuration with internal heat exchanger.

Figure 5.24 and Figure 5.25 show the heat pump‘s 𝑇𝑠 diagram for different 𝑃frac values at 𝑇sink 150∘C
and 200∘C respectively. For low values of 𝑃frac, the effect of vapor injection becomes negligible as the
outlet temperature of the first compressor is relatively low. On the contrary, at high values of 𝑃frac, the
condenser duty decreases as the maximum temperature at the condenser inlet is reduced. The amount
of the vapor injected also increases with the increase in 𝑃frac, which leads to a lower first compressor
work. However, as 𝑃frac continues to increase, this decrease in the first compressor work due to the
reduced mass flow rate becomes negligible (with respect to the COPh values) as the required pressure
ratio for that compressor also starts to increase rapidly.

As 𝑇sink increases, higher 𝑃frac values are favorable as it allow for an increase in condenser duty which
overcomes the increase in compression work. The net effect is a higher COPh (Figure 5.25). Table 5.5
summarizes the main features of this heat pump configuration for the different sink temperatures. The
COPh values obtained for different 𝑇sink levels are higher than all the other previously mentioned heat
pump concept analyzed above, except for the configuration with the saturator. Nevertheless, the differ-
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ence in COPh is less than 1 % with respect to the values of COPh found for the case with the saturator,
regardless of the considered 𝑇sink.

Figure 5.24: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
150 ∘C on two-stage heat pump configuration with internal

heat exchanger.

Figure 5.25: 𝑇𝑠 diagram showing the effect of 𝑃frac with 𝑇sink
200 ∘C on two-stage heat pump configuration with internal

heat exchanger.

Figure 5.26 shows the 𝑇𝑠 diagram of the optimal design of the heat pump with the internal recuperator
for different 𝑇sink values, using internal heat exchanger and working fluid injection. The amount of
desuperheating and subcooling both increasewith 𝑇sink value. The resulting vapor quality of the injected
vapor is also higher at high 𝑇sink values, which requires an increased amount of working fluid to be
injected (Table 5.5).

Table 5.5: Results obtained for the two-stage configuration with internal heat exchanger.

Parameter Unit Tsink = 150 ∘C Tsink = 200 ∘C Tsink = 250 ∘C

COPh - 4.19 2.68 2.06
𝑇𝑚𝑎𝑥 ∘C 274.4 384.4 472.8
𝛽total - 8.81 27.18 66.86
𝛼inj - 0.15 0.26 0.37

𝑃frac, optim - 0.95 1.09 1.44
𝑄̇cond 𝑀𝑊 2.33 2.32 2.24
𝑄̇evap 𝑀𝑊 1.80 1.5 1.21
𝑊comp, 1 𝑀𝑊 0.24 0.36 0.44
𝑊comp, 2 𝑀𝑊 0.32 0.50 0.65

Figure 5.26: 𝑇𝑠 diagram showing the effect of sink temperature on two-stage heat pump configuration with internal heat
exchanger.
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5.2. Reverse Brayton Cycle - Baseline Case
This section provides results for the heat pump configurations based on the reverse Brayton cycle for
the case of a constant temperature heat sink, as mentioned earlier in Section 3.5. Since the objective
for this baseline analysis was to understand the generalCOPh trends for each heat pump configuration,
only one 𝑇sink value (=200∘C) was considered. Two different working fluids were considered, i.e., CO2
and air (dry).

5.2.1. Single Stage

The single stage heat pump configuration was found to have two degrees of freedom, namely, the
minimum and maximum pressure of the cycle, hereafter referred to as 𝑝low and 𝑝high. Figure 5.27
shows the schematic of this heat pump configuration. To have a consistent analysis among different
configurations, the total pressure ratio of the system (𝛽total) was varied along with 𝑝low in the simulations.
Regarding the operational limits, the maximum compressor discharge pressure was limited to 250 bar,
given the challenges and costs that high pressure equipment entails. In the literature, this maximum
pressure limit varies from 140-300 bar, based on techno-economic considerations [48][49]. This limit
in the maximum pressure was also considered for all the other heat pump configurations based on the
reverse Brayton cycle.

Figure 5.27: Schematic of the single-stage reverse Brayton cycle heat pump.

Figure 5.28 shows the estimated COPh as a function of 𝛽total at different 𝑃low values, using CO2 as
the working fluid and with a 𝑇sink of 200∘C. With an increase in 𝛽total, the value of COPh is found to
increase, independent of 𝑃low value. At low values of 𝛽total (<4), the obtained COPh is less than 1 and
becomes even negative as 𝛽total decreases further. The reason behind suchCOPh trends is highlighted
in Figure 5.29, which shows the 𝑇𝑠 diagram of this heat pump configuration with different 𝛽total and
a fixed 𝑃low of 50 bar. At very low values of 𝛽total, the resulting compressor discharge temperature
becomes lower than the required 𝑇sink value, thus not meeting the design specifications. As the 𝛽total
value increases, the cycle area increases. Due to the curvature of the isobars of the working fluid, the
increase in the thermal energy available at the sink side is higher than the increase in the required work
input, which leads to a higher COPh value. Therefore, to have a beneficial heat pump operation with
this configuration, 𝛽total higher than at least 5 is required, depending on 𝑃low value. For all 𝑃low values,
the COPh value is found to plateau at very high 𝛽total value (>11), implying that, increasing 𝛽total further
only leads to additional complexity without any gain in COPh.

For a given 𝛽total, the value of COPh is found to increase with 𝑃low (in range COPh > 0). But, as the
𝑃low values increases, this gain in COPh becomes smaller. Figure 5.30 shows the 𝑇𝑠 diagram for this
heat pump configuration with different 𝑃low values, where 𝛽total is taken equal to 8. As the 𝑃low value
increases, the cycle shifts towards the left, towards the critical region. At high values of 𝑃low, near the
critical region, the curvature of the isobars increases, resembling an “S” shaped curve. As a result, the
amount of thermal energy exchange at the sink side increases while limiting the increase in required
compressor work input. Once the 𝑃low is already high enough to fall near/into the supercritical region,
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Figure 5.28: Variation of COPh with 𝛽total at different 𝑃low
values for the single stage reverse Brayton cycle, using CO2

as working fluid.

Figure 5.29: 𝑇𝑠 diagram showing the effect of 𝛽total (with 𝑃low
50 bar) on the single-stage reverse Brayton cycle, using CO2

as working fluid.

the relative change in isobar curvature is limited, and as a result, no major change in the sink capacity
is observed. This explains the reason why the COPh increase becomes smaller at high 𝑃low values,
for a given 𝛽total . The obtained COPh values for this heat pump configuration are smaller than the
ones found for the reverse Rankine cycle based heat pump configurations for the same 𝑇sink value.
Considering an average COPh of 2.45 for the reverse Rankine cycle based heat pump configurations,
the relative difference in COPh is around - 47 %, as the single-stage reverse Brayton cycle based heat
pump features a maximum COPh of 1.3.

Figure 5.30: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝛽total
= 8) on the single-stage reverse Brayton cycle, using CO2 as

working fluid.

Figure 5.31: Variation of COPh with 𝛽total at different 𝑃low
values for the single stage reverse Brayton cycle, using Air as

working fluid.

Figure 5.31 shows the trends of COPh variation with 𝛽total and 𝑃low, when using air as the working fluid.
The maximum achievable COPh is lower than the one found for CO2. The variation of COPh with 𝛽total
is found to be similar to that of CO2. With an increase in 𝛽total, the value of COPh increases, and at
very low values of 𝛽total, infeasible solutions exist. The reason behind such trends can be explained by
Figure 5.32, where 𝑇𝑠 diagrams of this heat pump configuration using air as working fluid at different
𝛽total, with 𝑃low of 20 bar, are presented. At very low values of 𝛽total, the resulting turbine exit temperature
becomes higher than the selected 𝑇source value, resulting in an infeasible thermodynamic cycle. As the
𝛽total value increases, the overall cycle area increases. However, due to the curvature of the isobars,
the increase in the thermal energy available at the sink side is higher than the increase in the required
work input, resulting in an increased COPh value.
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For the case of air, the effect of 𝑃low is small as compared to the results obtained for CO2. In this case,
the maximum deviation of COPh with a change in 𝑃low, at a given 𝛽total, is around 1.5 % (relative to the
higher value of COPh). As the 𝑃low value increases, no change in the curvature of isobars is observed
as the cycle lays in the ideal gas region, as shown by Figure 5.33. This figure shows the heat pump
cycle for different 𝑃low values, assuming a constant 𝛽total of 4. Increasing 𝑃low, the cycle shifts towards
the left, at higher isobars, but since the isobars are essentially parallel, no change in the COPh value
is obtained.

Figure 5.32: 𝑇𝑠 diagram showing the effect of 𝛽total (with 𝑃low
20 bar) on the single-stage reverse Brayton cycle, using Air as

working fluid.

Figure 5.33: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝛽total
= 4) on the single-stage reverse Brayton cycle, using Air as

working fluid.

5.2.2. Single Stage with Internal Recuperation

𝑃low and 𝑃high are the two degrees of freedom of the single-stage heat pump configuration with internal
recuperation. In place of 𝑃high, the total pressure ratio 𝛽total was varied, in the analysis, in analogy to
what was done for the previous heat pump configuration. Figure 5.34 shows the schematic of this heat
pump configuration.

Figure 5.34: Schematic of the single-stage heat pump with internal recuperation.

Figure 5.35 shows the variation of the heat pump COPh as a function of 𝛽total, for different 𝑃low values
and a 𝑇sink of 200∘C when using CO2 as working fluid. With an increase in 𝛽total, the COPh values
increase up to a maximum value and then start decreasing. For every 𝑃low value, there is an optimal
𝛽total maximizing the COPh and this optimal 𝛽total value is found to increase with an increase in the
𝑃low value. The COPh values are higher than the those obtained for the previously analyzed single-
stage configuration. This improvement is due to the addition of internal recuperation, which increases
the compressor inlet temperature, increasing both the thermal energy exchange at the sink and the



64 5. Thermodynamic Performance Analysis

compressor work input, for a constant 𝛽total. Nevertheless, the increase in the sink capacity is domi-
nating, leading to an increase in COPh. The effect of 𝛽total on this thermodynamic cycle is illustrated
in Figure 5.36, where the 𝑇𝑠 diagrams were calculated for a constant 𝑃low value of 50 bar. As the
value of 𝛽total increases, the cycle area expands towards the left, leading to a higher thermal energy
exchange at the sink side. Nevertheless, this change is accompanied by higher compression work as
the required pressure ratio increases. Up to the “optimal” 𝛽total value, the additional compression work
is compensated by the increased thermal power transferred to the sink. However, above that value, the
increase in compression work is more dominant, resulting in a decrease of COPh. Also, it is observed
that at high 𝛽total values, the turbine exit conditions fall into the two-phase region, making the turbine
design arguably challenging.

Figure 5.35: Variation of COPh with 𝛽total at different 𝑃low
values for single stage configuration with internal

recuperation, using CO2 as working fluid.

Figure 5.36: 𝑇𝑠 diagram showing the effect of 𝛽total (with 𝑃low
50 bar) on single-stage configuration with internal

recuperation, using CO2 as working fluid.

Compared to the previously mentioned single-stage heat pump configuration, the cycle area is larger for
this heat pump configuration (Figure 5.36). The value of COPh also increases by augmenting 𝑃low, at
a given 𝛽total. To understand the reason, the thermodynamic cycle of this heat pump configuration was
plotted in a 𝑇𝑠 diagram for different 𝑃low values and a constant 𝛽total (=4), as shown in Figure 5.37. The
curvature of the working fluid isobars starts to change by increasing 𝑃low, as now themaximum pressure
is higher and falls in the near-critical/critical region. This is beneficial to increase the thermal energy
transferred to the sink without a major rise in the compression work. As a result, at high 𝑃low values, for
a given 𝛽total, the cycle area increases, leading to a higher amount of thermal energy exchange at the
sink with an only marginal increase in compression work. This can also be explained by the relative
decrease in the specific volume of the working fluid at high 𝑃low values, which helps in achieving higher
sink thermal loads per unit of turbomachinery work [42]. Nevertheless, theCOPh values are still smaller
than those obtained for the reverse Rankine cycle based heat pump configurations.

Figure 5.38 shows the variation of the heat pump COPh for air as a function of 𝛽total and 𝑃low, with
𝑇sink equal to 200∘C. The COPh value decreases monotonically with the increase in 𝛽total and thus,
the maximum COPh is found at the lowest 𝛽total value. The COPh values obtained are lower than the
ones obtained for CO2 but are still larger than those obtained for single-stage configuration without
recuperation when using air. The effect of 𝛽total on the heat pump is apparent from Figure 5.39, which
illustrate in the 𝑇𝑠 diagram how the thermodynamic cycle changes for different 𝛽total values when 𝑃low
is equal to 20 bar.

With an increase in 𝛽total, the cycle area increases, leading to a higher thermal power available at
the sink. However, the increase in compression work is larger, as very high compressor discharge
temperatures are reached. This results in a lower COPh value. At high 𝛽total values, the amount
of thermal power exchanged with the thermal source also increases, as the turbine exit temperature
decreases (reaching even temperatures lower than 0∘C for high 𝛽total values). In this case, the effect
of 𝑃low is very similar to the one observed for the single-stage configuration. A change in the 𝑃low
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Figure 5.37: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝛽total
= 4) on single-stage configuration with internal recuperation,

using CO2 as working fluid.

Figure 5.38: Variation of COPh with 𝛽total at different 𝑃low
values for single stage configuration with internal

recuperation, using Air as working fluid.

Figure 5.39: 𝑇𝑠 diagram showing the effect of 𝛽total (with 𝑃low
20 bar) on the single-stage configuration with internal

recuperation, using Air as working fluid.

Figure 5.40: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝛽total
= 4) on the single-stage configuration with internal

recuperation, using Air as working fluid.

value does not have an impact on the COPh, as the maximum deviation is less than 0.8% (relative
to maximum COPh). It can be concluded that for an ideal gas the effect of 𝑃low is negligible. This
holds true also for the other reverse Brayton cycle configurations analyzed in the following. Figure 5.40
shows the 𝑇𝑠 diagrams obtained for different 𝑃low values and 𝛽total equal to 4. The cycle diagram shifts
towards the left as the 𝑃low increases. However, COPh values of the various cycles remains essentially
the same and much lower than those estimated for CO2. For these reasons, no further results will
be reported for air in the remaining of Section 5.2. For further results related to different heat pump
configurations using air as working fluid, see Appendix C.

5.2.3. Two Stage with Intercooling

The two-stage heat pump configuration with intercooling was found to have three degrees of freedom.
Compared to the single-stage configurations, the additional degree of freedom, is the intermediate
pressure level (𝑝intm). To analyze the effect of 𝑝intm, the parameter 𝑃frac was varied in the calculations,
in analogy to what done for the reverse Rankine cycle based heat pump configurations (Section 5.1).
Figure 5.41 shows the schematic of this heat pump configuration. Figure 5.42 shows the variation of
COPh with 𝑃frac for different 𝑃low values, when 𝛽total is taken constant and equal to 4 and CO2 is the
working fluid.
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Figure 5.41: Schematic of the two-stage heat pump with intercooling.

As observed for the reverse Rankine cycle two-stage heat pump configuration, the value of COPh
increases up to an optimal 𝑃frac value and, after that, starts to decrease monotonically. This trend is the
same regardless the value of 𝑃low. However, the COPh increases by augmenting 𝑃low. To understand
the effect of 𝑃low on the optimal value of 𝑃frac, the values of COPh are normalized with respect to
maximum COPh and are plotted against 𝑃frac in Figure 5.43. It can be concluded that the optimal 𝑃frac
value remains independent of 𝑃low and is always around 1.1 for this heat pump configuration.

Figure 5.42: Variation of COPh with 𝑃frac at different 𝑃low
values (with 𝛽total = 4) for the two-stage configuration with

intercooling, using CO2 as working fluid.

Figure 5.43: Variation of normalized COPh (with respect to
maximum COPh) with 𝑃frac at different 𝑃low values (with 𝛽total
= 4) for the two-stage configuration with intercooling, using

CO2 as working fluid.

Figure 5.44 and Figure 5.45 shows the 𝑇𝑠 diagram of thermodynamic cycle for different 𝑃frac values
assuming 𝑃low equal to 15 bar or 45 bar and 𝛽total equal to 4. As the 𝑃frac value increases, the thermal
power exchanged with the low-pressure sink increases while the thermal power available at the high-
pressure sink decreases. Similar behavior is also observed for the power input of the two compressors.
An increase in 𝑃frac leads to higher power input for low-pressure compressor while this decreases for
the high-pressure compressor. For both the 𝑃low values, similar behavior is observed.

No results are reported for the case of air. However, the overall trend of COPh variation with 𝑃frac is
same as observed for CO2.

Figure 5.46 shows the variation of the heat pump COPh as a function of 𝛽total and 𝑃low, when 𝑇sink
equal to 200∘C and 𝑃frac equal to 1.0 and CO2 is the working fluid. The obtained trends show an
optimal 𝛽total value for which the COPh is maximized. For low values of 𝑃low, this optimal 𝛽total is close
to 2.5, but as the 𝑃low values rises up to 60 bar, this value increases to around 4.2. The values of COPh
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Figure 5.44: 𝑇𝑠 diagram showing the effect of 𝑃frac (with 𝑃low
= 15 bar and 𝛽total = 4) on the two-stage configuration with

intercooling, using CO2 as working fluid.

Figure 5.45: 𝑇𝑠 diagram showing the effect of 𝑃frac (with 𝑃low
= 45 bar and 𝛽total = 4) on the two-stage configuration with

intercooling, using CO2 as working fluid.

for this configuration are higher than those obtained for the single-stage heat pump with recuperation.
Comparing the maximum COPh estimated for single-stage configuration with recuperation, at 𝑃low of
60 bar, the relative increase in COPh is around 4.5 %. The effect of 𝛽total is illustrated by Figure 5.47,
which shows in the 𝑇𝑠 diagrams how the thermodynamic cycle changes by varying 𝛽total for the case
of 𝑃low equal to 50 bar. The cycle area increases with an increase in 𝛽total, leading to a higher thermal
energy available at the sink and a higher compression work. In correspondence of the optimal 𝛽total
value, the increase in thermal power transferred to the sink prevails over that in the compression power
due to the S-shaped trend of the isobars. As the 𝛽total is further increased, the compression work rises
substantially, leading to a decrease in COPh. For high 𝛽total values, the turbine exit temperature tends
to decrease, promoting thermal recuperation from the heat pump source. However, for very high 𝛽total
values, the turbine exit conditions fall into the two-phase region, complicating the design of themachine.
The maximum 𝛽total depends on the value of 𝑃low for a given 𝑇source and 𝑇sink.

Figure 5.46: Variation of COPh with 𝛽total at different 𝑃low values for the two-stage configuration with intercooling (with 𝑃frac =
1), using CO2 as working fluid.

The higherCOPh opbtained with respect to the single stage recuperated configuration can be explained
by comparing Figure 5.36 and Figure 5.47. The compression work reduces by cooling the working fluid
before the second compressor. The cooling of working fluid is exploited to transfer thermal energy to
the heat pump sink, increasing the overall heat pump capacity. However, the overall thermal power
transferred to the sink is still lower than that obtained for a single stage heat pump with internal recu-
peration. Nevertheless, the decrease in compression work is prevailing, which leads to a higher COPh
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value for the two-stage heat pump configuration with intercooling. The effect of 𝑃low on the COPh is
the same as for other configurations. For any given 𝛽total, higher 𝑃low value leads to higher COPh.
Figure 5.48 shows in a 𝑇𝑠 diagram, the changes in the thermodynamic cycle for different 𝑃low values
and a constant 𝛽total (=4).

Figure 5.47: 𝑇𝑠 diagram showing the effect of 𝛽total (with 𝑃low
= 50 bar and 𝑃frac = 1) on the two-stage configuration with

intercooling, using CO2 as working fluid.

Figure 5.48: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝛽total
= 4 and 𝑃frac = 1) on the two-stage configuration with

intercooling, using CO2 as working fluid.

5.2.4. Two Stage with Internal Recuperation and Intercooling

This heat pump configuration has three pressure levels that can be optimized, namely, 𝑃low, 𝑝intm and
𝑃high. In analogy to the case of two-stage heat pump configuration with intercooling, the thermodynamic
cycle parameters which have been varied in the analysis are 𝑃frac, 𝑃low and 𝛽total. Figure 5.49 shows
the schematic of this heat pump configuration.

Figure 5.49: Schematic of the two-stage heat pump with internal heat recuperation and intercooling.

Figure 5.50 shows the variation of COPh with 𝑃frac for different values of 𝑃low, while 𝛽total is taken
constant and equal to 4. There is an optimal 𝑃frac value which maximizes the COPh value. The COPh
values rapidly drop for 𝑃frac values lower than the optimal one. On the contrary, the decrease in COPh
is more gradual for larger values of 𝑃frac.Figure 5.51 shows the variation of the COPh once normalized
with respect to themaximum value with 𝑃frac and 𝑃low. The optimal 𝑃frac value is found to be independent
of the 𝑃low value. However, with an increase in 𝑃low value, the COPh-𝑃frac curve becomes more flat,
reducing the sensitivity of COPh to a change in 𝑃frac. The optimal 𝑃frac value is around 1.3 for this heat
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pump configuration.

Figure 5.50: Variation of COPh as a function of 𝑃frac and 𝑃low
values (with 𝛽total = 4) for the two-stage configuration with

internal recuperation and intercooling, using CO2 as working
fluid.

Figure 5.51: Variation of normalized COPh (with respect to
maximum COPh) as a function of 𝑃frac and 𝑃low (with 𝛽total =
4) for the two-stage configuration with internal recuperation

and intercooling, using CO2 as working fluid.

Figure 5.52 and Figure 5.53 represent the thermodynamic cycle for this heat pump configuration in the
𝑇𝑠 diagram for different 𝑃frac values. The charts differ for the assumed 𝑃low value, which is, respectively,
15 bar and 45 bar. With an increase in 𝑃frac, the thermal power exchanged in the low-pressure sink and
the power consumed by the first compressor increase. In contrast, the opposite trend is observed for
the high-pressure sink and the second compression stage. Thus, the optimal 𝑃frac value is that allowing
for the best trade-off between the increase in thermal power exchanged at the two sinks and the overall
compression work. This trade-off seems to be insensitive to the value of 𝑃low.

Figure 5.52: 𝑇𝑠 diagram showing the effect of 𝑃frac (with 𝑃low
= 15 bar and 𝛽total = 4) on the two-stage configuration with
internal recuperation and intercooling, using CO2 as working

fluid.

Figure 5.53: 𝑇𝑠 diagram showing the effect of 𝑃frac (with 𝑃low
= 45 bar and 𝛽total = 4) on the two-stage configuration with
internal recuperation and intercooling, using CO2 as working

fluid.

Figure 5.54 shows the variation of the heat pump COPh as a function of 𝛽total and 𝑃low, when 𝑇sink and
𝑃frac are equal to 200∘C and 1.3, respectively, using CO2 as working fluid. There is an optimal 𝛽total
value whereby the COPh value is maximized. For low values of 𝑃low, this optimal 𝛽total is very close
to 5, but as the 𝑃low values is raised to 60 bar, the optimal value shifts to around 6. The values of
COPh for this configuration are lower than those obtained for the two-stage heat pump configuration
with intercooling. The maximum COPh is lower by about 1.8 %. Figure 5.55 illustrates the effect of
𝛽total on thermodynamic cycle, where 𝑇𝑠 diagram for different 𝛽total values, while 𝑃low and 𝑃frac are
taken equal to 50 bar and 1.3, respectively, is shown. The cycle area increases with an increase in
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𝛽total, leading to a higher thermal power exchanged at the sinks and compression power. An increase
in the 𝛽total value also increases the thermal energy recuperated from the thermal source as the turbine
exit temperature decreases. However, at very high 𝛽total values, the turbine exit conditions fall into
the two-phase region, possibly hindering the reliability and feasibility of the expander. As mentioned
earlier, the maximum feasible value of 𝛽total depends on the value of 𝑃low for a given 𝑇source and 𝑇sink.

Figure 5.54: Variation of COPh with 𝛽total at different 𝑃low values (with 𝑃frac = 1.3) for two-stage configuration with internal
recuperation and intercooling, using CO2 as working fluid.

The reason for the decrease in maximum COPh, under similar pressure levels, with respect to the
two-stage heat pump configuration with intercooling, can be explained by comparing Figure 5.48 and
Figure 5.56. For the case of the current configuration, lower compression work is required, as the
working fluid is cooled further in this case. However, this leads to a lower sink duty due to reduced
compressor discharge temperature. This decrease in thermal power transferred to the sink is higher
than the decrease in the compression work, which results in an overall decrease in COPh for this
configuration. The variation of COPh with 𝑃low, for a given 𝛽total, is similar to that observed for other
configurations. For any given 𝛽total values, increasing 𝑃low results in an increased COPh value. Fig-
ure 5.56 shows the thermodynamic cycle of this heat pump configuration in the 𝑇𝑠 diagram for different
𝑃low values at constant 𝛽total (= 4). As apparent from the figure, for high 𝑃low values, the thermal power
exchanged with the sink increases substantially at the cost of a marginal increase in compression work
due to the “S”-shaped characteristics of the isobars at high-pressure levels.

Figure 5.55: 𝑇𝑠 diagram showing the effect of 𝛽total (with 𝑃low
= 50 bar and 𝑃frac = 1.3) on two-stage configuration with

internal recuperation and intercooling, using CO2 as working
fluid.

Figure 5.56: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝛽total
= 4 and 𝑃frac = 1.3) on two-stage configuration with internal
recuperation and intercooling, using CO2 as working fluid.
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5.3. Reverse Brayton Cycle - Sensible Heat Sink Case
This section provides the results of the thermodynamic cycle analysis performed for the heat pump
configurations based on the reverse Brayton cycle for the sensible heat sink case, namely when the
stream in the cold side of the thermal sink undergoes a temperature increase. In this scenario, the
temperature of the working fluid is specified at the outlet of the thermal sink and not at the inlet, as
explained earlier (Section 3.5).

5.3.1. Single Stage

This heat pump configuration has two degrees of freedom, namely, the minimum pressure (𝑃low) and
the temperature drop over the heat exchanger which represents the thermal sink of the heat pump
(Δ𝑇sink). In an actual industrial application, this second parameter will depend on the requirements of
the process stream to be heated. However, for current investigations, this parameter was varied to
evaluate the minimum required temperature drop to get a COPh comparable to that of reverse Rankine
cycle based heat pumps.

Figure 5.57 shows the COPh variation of this heat pump configuration as a function of 𝑃low, for different
𝑇sink values, using CO2 as working fluid. The values of COPh obtained for this case are higher than
those obtained in the previous section for the constant temperature thermal sink, because themaximum
temperature of the cycle is lower and thus, the required pressure ratio and the work input are lower.
Compared to baseline case, the maximum COPh has been increased (relative) by around 71 % for the
same 𝑇sink of 200∘C and 𝑃low of 60 bar.

At higher 𝑇sink values, a lower COPh value is observed, as for the reverse Rankine cycle based heat
pumps. With an increase in 𝑃low, COPh is found to increase for all the 𝑇sink values. However, this
increase occurs only up to a certain value of 𝑃low, after which COPh starts to decrease. Therefore,
there is an optimal 𝑃low value for every 𝑇sink value. At the same time, this optimal 𝑃low value falls
always in a relatively high pressure range (>100 bar) for all the 𝑇sink values. This high 𝑃low value can
lead to excessively high maximum cycle pressures. An upper limit of 250 bar was then set for this
quantity, in analogy to what done earlier in Section 5.2. Figure 5.58 shows the variation of the required
𝛽total to achieve the prescribed temperature in the thermal sink as a function 𝑃low and for different 𝑇sink
values, using CO2 as working fluid. In this figure, the maximum allowed 𝛽total is also represented with
a black dashed curve. Except for 𝑇sink of 150∘C, the optimal 𝑃low value leads to a 𝛽total and, then,
maximum operating pressure in excess of 250 bar. Therefore, for this heat pump configuration, the
maximum achievable COPh is limited by the maximum feasible 𝛽total.

Another important parameter influenced by 𝑃low, which affects the feasibility of the heat pump, is the
minimum temperature (𝑇min) achieved by the working fluid at the inlet of the heat exchanger. To have a
feasible heat pump design, this minimum temperature needs to be higher than the saturation tempera-
ture of the working fluid. This condition is necessary to ensure that the working fluid always remains in
the vapor phase. Figure 5.59 shows the variation of 𝑇min with 𝑃low, for different 𝑇sink values, using CO2
as working fluid. This figure reports the minimum allowed temperature as a black dashed line. This
limiting line reaches a constant value as 𝑃low becomes higher than the critical pressure value (73.77
bar). 𝑇min becomes, indeed, equal to the critical temperature (30.98∘C). A combination of low 𝑃low and
𝑇sink values can indeed result in a two-phase state (blue curve in Figure 5.59). However, for high values
of such variables, this condition is not reached. Therefore, in terms of maximum achievable COPh, the
limit on 𝑇min is not critical for this heat pump configuration.

The effect of 𝑃low on the heat pump thermodynamic cycle characteristics is highlighted in Figure 5.60,
which shows in a 𝑇𝑠 diagram how the thermodynamic cycle changes by varying 𝑃low when 𝑇sink is
200∘C and Δ𝑇sink is equal to 100 K. As the 𝑃low value increases, the cycle diagram moves closer to
the critical region. Due to the characteristics of the isobars in the critical region, an increased thermal
energy exchange at the sink side is achieved a significant increase in the compression work. However,
as 𝑃low is increased further, the associated isobars move far away from the critical region. As a result,
the COPh value diminishes. It follows that for every 𝑇sink value an optimal 𝑃low value exists. But, as
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Figure 5.57: Variation of COPh as a function of 𝑃low and 𝑇sink
(Δ𝑇sink = 100 ∘C) for the single-stage heat pump

configuration, using CO2 as working fluid.

Figure 5.58: Variation of 𝛽total as a function of 𝑃low and 𝑇sink
(Δ𝑇sink = 100 ∘C) for the single-stage heat pump

configuration, using CO2 as working fluid.

Figure 5.59: Variation of 𝑇min as a function of 𝑃low and 𝑇sink
(Δ𝑇sink = 100 ∘C) for the single-stage heat pump

configuration, using CO2 as working fluid.

Figure 5.60: 𝑇𝑠 diagram showing the effect of 𝑃low (𝑇sink =
200 ∘C and Δ𝑇sink = 100 ∘C) on the single-stage heat pump

configuration, using CO2 as working fluid.

found previously, for 𝑇sink greater than 150∘C, the value of 𝑃low must be limited to prevent a excessively
high maximum pressure of the thermodynamic cycle.

Figure 5.61 shows the variation of COPh with Δ𝑇sink, for different 𝑇sink values and CO2 as working
fluid. For this analysis, the 𝑃low is kept constant at a value of 100 bar. With an increase in Δ𝑇sink, the
COPh value is found to increase approximately in a linear trend, independently from the value of 𝑇sink.
However, with an increase in 𝑇sink value, the slope of the curve decreases, implying a smaller increase
in COPh. At high 𝑃low values, an increase in Δ𝑇sink results in better utilization of the characteristics
of isobars in the critical region, which leads to an increased COPh value. Figure 5.62 highlights this
effect, where the thermodynamic cycle corresponding to this heat pump configuration is plotted in the
𝑇𝑠 diagram for different Δ𝑇sink values and 𝑃low equal to 100 bar and 𝑇sink equal to 200∘C.

The required pressure ratio is independent from the Δ𝑇sink value for this particular heat pump config-
uration. However, the 𝑇min value is influenced by Δ𝑇sink. Figure 5.63 shows the variation of 𝑇min with
Δ𝑇sink values, for different 𝑇sink values and a constant 𝑃low of 100 bar. The black dashed line in this
figure again highlights the critical temperature limit. As the Δ𝑇sink value increase, 𝑇min value is found to
decrease. This is because with an increase in Δ𝑇sink, the turbine inlet temperature decreases, resulting
in a decreased exit temperature for a similar expansion ratio. This is also shown in Figure 5.62, when
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Figure 5.61: Variation of COPh as a function of Δ𝑇sink and
𝑇sink (𝑃low = 100 bar) for the single-stage heat pump

configuration, using CO2 as working fluid.

Figure 5.62: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (𝑇sink =
200 ∘C and 𝑃low = 100 bar) on the single-stage heat pump

configuration, using CO2 as working fluid.

𝑇sink is equal to 150∘C and Δ𝑇sink is higher than 115∘C, the turbine outlet state is in the two phase region.

Figure 5.63: Variation of 𝑇min as function of Δ𝑇sink and 𝑇sink (𝑃low = 100 bar) for the single-stage heat pump configuration,
using CO2 as working fluid.

Figure 5.64 shows the trend of COPh with 𝑃low when air is the working fluid, assuming Δ𝑇sink 50 K
and 𝑇sink 200∘C. For a given 𝑇sink value, the variation in COPh with 𝑃low value is smaller than the one
observed for CO2, as observed before for the case of a constant temperature thermal sink. Figure 5.65
shows the variation of COPh with 𝑃low when the value of the former is normalized with respect to the
maximum COPh achievable by this heat pump configuration. The maximum deviation in COPh due to
𝑃low varies from about 6 % to 2.5 % as the value of 𝑇sink values increase from 150 to 250∘C. Similar to
the case of CO2, there is an optimal 𝑃low value. However, in this case, the relative deviation is small,
arguably of the same order of magnitude of the model uncertainty. The choice of high 𝑃low then is not
justified. Anyway, the optimal 𝑃low value decreases as the value of 𝑇sink increases. Figure 5.66 shows
the effect of 𝑃low on the heat pump‘s thermodynamic cycle with fixed values of 𝑇sink and Δ𝑇sink (200∘C
and 100∘C, respectively). As the isobars are almost parallel, the cycle characteristics remain almost
identical with an increase in 𝑃low.

For the case of air, the 𝑇min value is not critical. This is not the case for the required 𝛽total. In this regard,
Figure 5.67 shows the effect of 𝑃low on 𝛽total. For simplicity, a maximum pressure limit similar to the
one used for CO2 was assumed as highlighted in this figure (250 bar). Similarly to what observed for
the variation of COPh, the deviation in 𝛽total with 𝑃low is small (relative deviation < 5 %). Nevertheless,
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at high 𝑇sink values, higher 𝛽total values are required, implying that a lower value of maximum 𝑃low can
be used, before the maximum pressure limit is reached.

Figure 5.64: Variation of COPh as a function of 𝑃low and 𝑇sink
(Δ𝑇sink = 100 ∘C) for the single-stage heat pump

configuration, using Air as working fluid.

Figure 5.65: Variation of normalized COPh as a function of
𝑃low and 𝑇sink (Δ𝑇sink = 100 ∘C) for the single-stage heat

pump configuration, using Air as working fluid.

Figure 5.66: 𝑇𝑠 diagram showing the effect of 𝑃low (𝑇sink =
200 ∘C and Δ𝑇sink = 100 ∘C) on the single-stage heat pump

configuration, using Air as working fluid.

Figure 5.67: Variation of 𝛽total as a function of 𝑃low and 𝑇sink
(Δ𝑇sink = 100 ∘C) for the single-stage heat pump

configuration, using Air as working fluid.

Figure 5.68 shows the change in COPh due to a variation in Δ𝑇sink, for fixed values of 𝑇sink and 𝑃low
(200∘C and 80 bar respectively). By augmenting Δ𝑇sink, an increase in COPh is obtained. The found
relation is similar to the one observed earlier for CO2. The value of 𝑇sink influences the increase of
COPh as a function of Δ𝑇sink. Notably, with increased 𝑇sink values, this change in COPh per degree
of Δ𝑇sink increase is found to decrease. The variation of the thermodynamic cycle of the heat pump
occurring by changing Δ𝑇sink is shown in Figure 5.69, for constant 𝑃low and 𝑇sink values. As the value
of Δ𝑇sink increases, both the required work input and the sink capacity increase. However, the increase
in sink capacity is higher, leading to an increase in COPh. The obtained COPh values are lower than
the ones obtained for CO2 but are higher than those obtained for the case of a constant temperature
thermal sink.
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Figure 5.68: Variation of COPh as a function of Δ𝑇sink and
𝑇sink (𝑃low = 80 bar) for the single-stage heat pump

configuration, using Air as working fluid.

Figure 5.69: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (𝑇sink =
200 ∘C and 𝑃low = 80 bar) on the single-stage heat pump

configuration, using Air as working fluid.

5.3.2. Single Stage with Internal Recuperation

This heat pump configuration has two degrees of freedom, namely, 𝑃low and Δ𝑇sink. Figure 5.70, Fig-
ure 5.71 and Figure 5.72 shows the effect of 𝑃low on COPh, 𝛽total and 𝑇min respectively for a fixed Δ𝑇sink
of 50 K, a 𝑇sink of 200∘C, and CO2 as working fluid. In this case, the value of Δ𝑇sink cannot be chosen
independently. To prevent that temperature profiles of the two streams of the recuperator intersect each
other, the sink outlet temperature must be at least 110∘C to allow for a feasible temperature difference
in this heat exchanger. Similarly, the maximum allowed Δ𝑇sink for other 𝑇sink was also selected.

Figure 5.70: Variation of COPh as a function 𝑃low and 𝑇sink
(Δ𝑇sink = 50 ∘C) for the single-stage heat pump configuration
with internal recuperation, using CO2 as working fluid, for the

case of sensible heat sink.

Figure 5.71: Variation of 𝛽total as a function of 𝑃low and 𝑇sink
(with Δ𝑇sink = 50 ∘C) for the single-stage heat pump

configuration with internal recuperation, using CO2 as working
fluid, for the case of sensible heat sink.

Contrary to the previous configuration, an optimal 𝑃low value is found only for a 𝑇sink of 150∘C. For the
other 𝑇sink values, COPh is found to increase monotonically with 𝑃low, for the considered range of this
parameter. Figure 5.71 explains the reason of such a trend. For this configuration, the required 𝛽total
is lower than in the single-stage configuration. Moreover, in this case, as 𝑇sink increases, the required
𝛽total decreases. Since, for a fixed Δ𝑇sink, the compressor inlet temperature also increases with 𝑇sink,
due to the internal recuperator. As a result, the required pressure ratio decreases since the compressor
outlet temperature is fixed. The lower 𝛽total value imply that higher 𝑃low values are feasible, resulting in
higher COPh. Figure 5.73 confirms this analysis, the heat pump thermodynamic cycle is plotted in the
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𝑇𝑠 diagram for different 𝑃low values.

Regarding 𝑇min, Figure 5.72 shows the variation of this quantity with 𝑃low for a Δ𝑇sink of 50 K. Note
that the values of 𝑇min are higher than those reported in the previous section for the non-recuperated
configuration, as the Δ𝑇sink was taken equal to100 K. Nevertheless, in this case, because the turbine
inlet temperature will be reduced further due to internal recuperation, it can be expected that the source
inlet temperature will also be lower. At the same time, in this case, the required expansion ratio is
also considerably lower, which helps maintain a high enough temperature at the source inlet, as also
apparent from Figure 5.73. However, a combination of high Δ𝑇sink and low 𝑃low can still lead to a 𝑇min
value lower than the saturation/critical temperature, though this does not occur for the thermodynamic
cycle exhibiting the maximum COPh. The maximum allowed Δ𝑇sink and 𝛽total are the actual limiting
conditions determining the maximum COPh of the system.

Figure 5.72: Variation of 𝑇min as a function of 𝑃low and 𝑇sink
(with Δ𝑇sink = 50 ∘C) for the single-stage heat pump

configuration with internal recuperation, using CO2 as working
fluid.

Figure 5.73: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝑇sink
= 200 ∘C and Δ𝑇sink = 100 ∘C) on the single-stage heat pump
configuration with internal recuperation, using CO2 as working

fluid.

Figure 5.74 shows the variation of COPh with Δ𝑇sink for CO2 when 𝑇sink and 𝑃low are taken equal to
200∘C and 100 bar, respectively. For this heat pump configuration, Δ𝑇sink also affects the required 𝛽total
since the compressor inlet temperature is directly influenced by the value of Δ𝑇sink. The effect of Δ𝑇sink
on 𝛽total and 𝑇min is shown in Figure 5.75 and Figure 5.76 respectively, using the 𝑇sink and 𝑃low equal to
200∘C and 100 bar, respectively. The different limits of Δ𝑇sink for each 𝑇sink are visible in all the figures.
As observed for the other configurations, a higher value of Δ𝑇sink leads to a higher COPh value, but the
relative increase of this parameter depends ont the value of 𝑇sink. In this case, the limit on the maximum
operating pressure has a direct impact on the maximum feasible Δ𝑇sink, limiting the maximum COPh of
the system.

At high values of Δ𝑇sink, the 𝑇min value also reduces. However, at high 𝑃low, this is not a limiting factor,
as explained earlier. Actually, the limit on the maximum operating pressure is more stringent for this
configuration than that concerning 𝑇min. Figure 5.77 illustrates how the thermodynamic cycle varies
with Δ𝑇sink given 𝑃low equal to 100 bar and 𝑇sink 200∘C. With an increase in Δ𝑇sink, the cycle area in-
creases. Due to the lower temperature of the working fluid at the thermal sink outlet, the compressor
inlet temperature decreases, leading to lower internal recuperation. As a result, the required compres-
sion work increases. Nevertheless, since the amount of thermal energy transferred to the thermal sink
is also increased, the net effect is positive for the COPh. This effect is even more prominent for high
𝑃low values due to the slope of CO2 isobars near the critical region, as also shown by Figure 5.73.

Figure 5.78 shows the trend of COPh variation with 𝑃low for the case of air as working fluid, assuming
Δ𝑇sink 50 K and 𝑇sink 200∘C. Similarly to the previous single-stage heat pump configuration, the variation
of COPh with 𝑃low is smaller than the one observed for CO2 for all 𝑇sink values. Figure 5.79 shows the
variation with 𝑃low of COPh when normalized with the respect to its maximum value. The maximum
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Figure 5.74: Variation of COPh with Δ𝑇sink at different values
of 𝑇sink (with 𝑃low = 100 bar) for single-stage heat pump

configuration with internal recuperation, using CO2 as working
fluid.

Figure 5.75: Variation of 𝛽total with Δ𝑇sink at different values
of 𝑇sink (with 𝑃low = 100 bar) for single-stage heat pump

configuration with internal recuperation, using CO2 as working
fluid.

Figure 5.76: Variation of 𝑇min as a function of Δ𝑇sink and 𝑇sink
(with 𝑃low = 100 bar) for the single-stage heat pump

configuration with internal recuperation, using CO2 as working
fluid.

Figure 5.77: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (with
𝑇sink = 200 ∘C and 𝑃low = 100 bar) on the single-stage heat
pump configuration with internal recuperation, using CO2 as

working fluid.

deviation of COPh due to 𝑃low varies from about 5.2 % to 0.8 % as the value of 𝑇sink values increases
from 150 to 250∘C. The optimal 𝑃low maximizing the COPh is found to be towards the upper end of
the range shown. Figure 5.80 shows the shape of thermodynamic cycle on a 𝑇𝑠 diagram, for different
𝑃low values and 𝑇sink and Δ𝑇sink assumed equal to 200∘C and 100∘C, respectively. As for the other
single-stage heat pump configuration, no change in cycle characteristic is observed with a change in
𝑃low value, as the associated isobars‘ characteristics do not change with the operating pressure level.

Figure 5.81 shows the variation of 𝛽total with 𝑃low for the case of air. As for COPh, the deviation of
𝛽total with 𝑃low is small (relative deviation < 0.4 %). Thus, the 𝑃low value does not affect the 𝛽total of
the system, as also apparent from Figure 5.80. With an increase in 𝑃low, the cycle just shifts to the
left in the 𝑇𝑠 diagram. Since the slope of isobar curves remains essentially constant, 𝛽total changes
marginally.

The change in COPh due to change in Δ𝑇sink is shown in Figure 5.82, where 𝑇sink and 𝑃low are fixed
(200∘C and 80 bar respectively). An increase in COPh is obtained with an increase in Δ𝑇sink, as ob-
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Figure 5.78: Variation of COPh as a function of 𝑃low and 𝑇sink
(with Δ𝑇sink = 50 ∘C) for the single-stage heat pump

configuration with internal recuperation, using Air as working
fluid, for the case of sensible heat sink.

Figure 5.79: Variation of normalized COPh as a function of
𝑃low and 𝑇sink (with Δ𝑇sink = 50 ∘C) for the single-stage heat
pump configuration with internal recuperation, using Air as

working fluid, for the case of sensible heat sink.

Figure 5.80: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝑇sink
= 200 ∘C and Δ𝑇sink = 100 ∘C) on the single-stage heat pump
configuration with internal recuperation, using Air as working

fluid.

Figure 5.81: Variation of 𝛽total as a function of 𝑃low and 𝑇sink
(with Δ𝑇sink = 50 ∘C) for the single-stage heat pump

configuration with internal recuperation, using Air as working
fluid.

served earlier for CO2. For the case of air as well, the required 𝛽total is found to increase with Δ𝑇sink
(Figure 5.83). However, since the values of 𝛽total are lower than in the case of CO2, the maximum
pressure of the cycle does not reach the imposed limit, regardless of the value of Δ𝑇sink, if 𝑃low is equal
to 80 bar. Since the variation of 𝛽total with 𝑃low is found to be small, it can be concluded that for the
case of air, the maximum Δ𝑇sink is not limited by the maximum pressure constraint. The effect of Δ𝑇sink
on the heat pump thermodynamic cycle is shown in Figure 5.84, via the means of the 𝑇𝑠 diagram. The
increase in the sink capacity is higher than the required work input, independently of 𝑃low, which leads
to an increased COPh as the value of Δ𝑇sink increases.

5.3.3. Two Stage with Intercooling

Alike the previously discussed configurations, for the sensible sink scenario, two degrees of freedom
were obtained for the two-stage configuration with intercooling. For this case also, the minimum outlet
temperature of the sink needs to be at least 110∘C to allow for internal recuperation since the selected
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Figure 5.82: Variation of COPh as a function of Δ𝑇sink and
𝑇sink (with 𝑃low = 80 bar) for the single-stage heat pump

configuration with internal recuperation, using Air as working
fluid.

Figure 5.83: Variation of 𝛽total as a function of Δ𝑇sink and
𝑇sink (with 𝑃low = 80 bar) for the single-stage heat pump

configuration with internal recuperation, using Air as working
fluid.

Figure 5.84: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (with 𝑇sink = 200 ∘C and 𝑃low = 80 bar) on the single-stage heat pump
configuration with internal recuperation, using Air as working fluid.

source temperature is 100∘C.

With an increase in 𝑃low, from 5 to 150 bar, the COPh keeps increasing for the 𝑇sink values of 200 and
250∘C. For the case of 𝑇sink 150∘C, the COPh is maximized when 𝑃low is equal to 110 bar, as shown in
Figure 5.85 for a fixed Δ𝑇sink of 50∘C. Figure 5.86 shows the variation of 𝛽total with 𝑃low, for the same
value of Δ𝑇𝑠𝑖𝑛𝑘. The required 𝛽total also increases with an increase in 𝑃low value, leading to maximum
cycle pressure in the excess of 250 bar, the limit considered in this work. It follows that the maximum
COPh of this heat pump configuration is limited by the constraint on the maximum cycle pressure.
The value of 𝛽total depends also on 𝑇sink value. At higher 𝑇sink values, the increases in 𝛽total with 𝑃low
becomes lower. The effect of 𝑃low on the thermodynamic cycle of this heat pump configuration is shown
in Figure 5.87, which illustrates the thermodynamic process in the 𝑇𝑠 diagram for different 𝑃low values,
and a fixed 𝑇sink and Δ𝑇sink value of 200∘C and 100∘C respectively. Higher pressure values are required
at the second heat exchanger that works as thermal sink of the system, as the working fluid is cooled
before entering the second compressor.

Figure 5.88 shows the variation of 𝑇min with 𝑃low, for different 𝑇sink values while Δ𝑇sink is taken equal
to 50∘C and 𝑇sink 200∘C. In Figure 5.88, all 𝑇min value remains above the saturation/critical limit, as
relative low value of Δ𝑇sink (=50∘C) is used. However, for low 𝑃low and high Δ𝑇sink values, the minimum
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Figure 5.85: Variation of COPh as a function of 𝑃low and
𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat pump

configuration with intercooling, using CO2 as working fluid, for
the case of sensible heat sink.

Figure 5.86: Variation of 𝛽total as a function of 𝑃low and
𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat pump

configuration with intercooling, using CO2 as working fluid, for
the case of sensible heat sink.

temperature level does fall below the saturation curve, as shown by Figure 5.87. Thus, the value of
𝑃low becomes more critical for the combination of low 𝑇sink and high Δ𝑇𝑠𝑖𝑛𝑘 values. Since this choice of
parameters does not lead to high COPh values, the improvement of the heat pump performance does
not pass through the development of a two-phase expander.

Figure 5.87: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝑇sink
= 200 ∘C and Δ𝑇sink = 100 ∘C) on the two-stage heat pump
configuration with intercooling, using CO2 as working fluid.

Figure 5.88: Variation of 𝑇min as a function of 𝑃low and
𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat pump

configuration with intercooling, using CO2 as working fluid.

Figure 5.89 shows the variation ofCOPh with Δ𝑇sink for a fixed 𝑃low of 100 bar. The effect of Δ𝑇sink on the
COPh is similar to the one obtained for the single-stage heat pump with internal recuperation. However,
for this configuration, an optimal Δ𝑇sink value is found for 𝑇sink of 200 and 250∘C. Nevertheless, the
maximum feasible COPh, for all the 𝑇sink values, is lower than the one obtained for a single stage heat
pump with internal recuperation. Figure 5.90 shows the reason thereof by showing the variation of the
𝛽total with Δ𝑇sink (with fixed 𝑃low of 100 bar). Similarly to the case of a single stage with recuperation, the
value of Δ𝑇sink also affects the required 𝛽total for this heat pump configuration. Additionally, in this case,
due to the cooling of the working fluid before the second compressor, the compressor inlet temperature
is reduced further with an increase in Δ𝑇sink. As a result, the required 𝛽total is higher for this configuration
and the resulting maximum COPh is lower.

Figure 5.91 shows the effect of Δ𝑇sink on the thermodynamic cycle characteristics by the means of a 𝑇𝑠
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Figure 5.89: Variation of COPh as a function of Δ𝑇sink and
𝑇sink(with 𝑃low = 100 bar) for the two-stage heat pump

configuration with intercooling, using CO2 as working fluid.

Figure 5.90: Variation of 𝛽total as a function of Δ𝑇sink and
𝑇sink(with 𝑃low = 100 bar) for the two-stage heat pump

configuration with intercooling, using CO2 as working fluid.

diagram, where 𝑃low and 𝑇sink are taken equal to 100 bar and 200∘C respectively. As the Δ𝑇sink value
increases, the inlet temperature of the turbine is reduced. This effect combined with an increase in the
expansion ratio (due to the larger 𝛽total) leads to a lower 𝑇min value for this heat pump configuration.
The similar trend is also confirmed by Figure 5.92, where the variation of 𝑇min with Δ𝑇sink is shown,
assuming 𝑃low value of 100 bar.

Figure 5.91: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (with
𝑇sink = 200 ∘C and 𝑃low = 100 bar) on the two-stage heat pump
configuration with intercooling, using CO2 as working fluid.

Figure 5.92: Variation of 𝑇min as a function of Δ𝑇sink and
𝑇sink(with 𝑃low = 100 bar) for the two-stage heat pump

configuration with intercooling, using CO2 as working fluid.

Figure 5.93 shows the trend of COPh variation with 𝑃low for the case of air, assuming a Δ𝑇sink of 50
K and 𝑇sink of 200∘C. The maximum deviation in COPh with 𝑃low ranges from about 4.5 % to less
than 1 %, as the value of 𝑇sink increase from 150 to 250 ∘C, see Figure 5.94, where the normalized
COPh values (with respect to the maximum COPh) are shown as a function of 𝑃low. Differently from
what observed before for CO2, The maximum feasible COPh is higher for this configuration than the
single-stage configuration with internal recuperation. However, the required 𝛽total in this case is higher.
Similarly to the case of CO2, due to the cooling of the working fluid between the two compressors, the
required pressure ratio is increased as the compressor outlet temperature is fixed for both compressors.
However, the increase in the thermal power transferred to the thermal sink dominates in this case,
compared to the increase in the compression work, leading to a higher COPh value. Concerning 𝑃low,
similarly to other configurations, no change in the cycle characteristic is observed with this parameter
for air.
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Figure 5.93: Variation of COPh with 𝑃low at different values of
𝑇sink(with Δ𝑇sink = 50 ∘C) for two-stage heat pump

configuration with intercooling, based on reverse Brayton
cycle, using Air as working fluid, for the sensible heat sink

case.

Figure 5.94: Variation of normalized COPh with 𝑃low at
different values of 𝑇sink(with Δ𝑇sink = 50 ∘C) for two-stage heat

pump configuration with intercooling, based on reverse
Brayton cycle, using Air as working fluid, for the sensible heat

sink case.

Regarding the other key parameters of this heat pump configuration, namely 𝛽total and Δ𝑇sink, the trend
observed earlier for CO2 is also found for air. An increase in COPh and 𝛽total is obtained by augmenting
Δ𝑇sink. At the same time, 𝛽total is found to be the limiting factor for the maximum allowed Δ𝑇sink value
and thus also the maximum COPh.

5.3.4. Two Stage with Internal Recuperation and Intercooling

The design of this two-stage heat pump configuration has two degrees of freedom as well i.e. 𝑃low and
Δ𝑇sink. Compared to previous concept, the minimum sink outlet temperature is higher, 130∘C, to allow
for internal recuperation. This higher temperature limit is due to an additional internal heat exchanger
(Figure 5.49). Thus, for the case of 𝑇sink 150∘C, the maximum allowed Δ𝑇sink becomes 30∘C, whereas
for 200 and 250∘C 𝑇sink, the maximum limit is at 80 and 130∘C respectively.

Figure 5.95 shows the effect of 𝑃low on COPh, for different 𝑇sink values. The value of Δ𝑇sink was fixed at
50∘C, and due to this reason, the curve for 𝑇sink 150∘C value is not shown here. As for all the previous
configurations, an increase in 𝑃low has a positive impact on the COPh value. For the case of 𝑇sink of
200∘C, an optimal 𝑃low value of around 115 bar is found. However, for 𝑇sink of 250∘C, the COPh value
increases monotonically with 𝑃low, for the given 𝑃low range of 5-150 bar. The range of COPh values
obtained for this heat pump configuration is lower than the one obtained for the two-stage heat pump
with intercooling. The reason thereof can be explained by Figure 5.96, where the variation of 𝛽total
with 𝑃low, along with the maximum feasible 𝛽total resulting from the limit on the maximum pressure, are
shown. The required 𝛽total for this configuration is the highest among all the considered configurations
(for the sensible heat sink scenario) for a given 𝑇sink and Δ𝑇sink. It follows that the maximum allowed
𝑃low is lower, as the 𝛽total limit is reached earlier. Consequently, the maximum feasible COPh is limited
to lower values.

The reason for such large required 𝛽total is highlighted in Figure 5.97, where the thermodynamic cycle
of this heat pump configuration is plotted in 𝑇𝑠 diagram for different 𝑃low values and fixed 𝑇sink of 200∘C
and Δ𝑇sink of 50∘C. With an increase in 𝑃low, the cycle area increases, and the amount of of thermal
power transferred to the sink also increases. Compared to the previously discussed configurations
with internal recuperation, the temperature at the first compressor inlet is the lowest among the an-
alyzed configurations, since there are two internal recuperators. It follows that the required pressure
ratio increases. Additionally, the gain due to extra cooling before the second compressor does not
compensate for the additional increase in the required pressure ratio in the first compressor stage. As



5.3. Reverse Brayton Cycle - Sensible Heat Sink Case 83

Figure 5.95: Variation of COPh as a function of 𝑃low and
𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat pump

configuration with internal recuperation and intercooling, using
CO2 as working fluid, for the case of sensible heat sink.

Figure 5.96: Variation of 𝛽total as a function of 𝑃low and
𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat pump

configuration with internal recuperation and intercooling, using
CO2 as working fluid, for the case of sensible heat sink.

a result, the required pressure ratio is higher for this case. At high values of 𝑃low, this effect becomes
even more important, as for a same temperature state, the value of specific enthalpy decreases with
an increase in pressure, for CO2. The larger increase in compression work leads to lower COPh gain
compared to the two-stage configuration with intercooling.

Figure 5.97: 𝑇𝑠 diagram showing the effect of 𝑃low (with 𝑇sink = 200 ∘C and Δ𝑇sink = 50 ∘C) on the two-stage heat pump
configuration with internal recuperation and intercooling, using CO2 as working fluid.

The overall range of 𝑇min values obtained for this heat pump configuration is lower than those obtained
for the previously discussed two-stage heat pump configuration. This is because of two factors: the
turbine inlet temperature is lower due to the additional recuperator and the larger expansion ratio. This
is also visible in Figure 5.97, which illustrates the thermodynamic cycle of the heat pump at hand for
different 𝑃low values.

Figure 5.98 shows the variation of COPh with Δ𝑇sink for fixed 𝑃low of 100 bar. The effect of Δ𝑇sink on
the COPh is similar to the one observed for the two-stage configuration with intercooling. However, the
values of COPh are lower in this case, as discussed earlier. Furthermore, the maximum allowed value
for Δ𝑇𝑠𝑖𝑛𝑘 in this case is lower, as shown by Figure 5.99, where the variation of 𝛽total with Δ𝑇sink is shown
(with fixed 𝑃low of 100 bar). Similarly to the case of the previous two-stage configuration, the value of
Δ𝑇sink also affects the required 𝛽total. However, since there is an additional internal heat exchanger
for this configuration, the compressor inlet temperature is reduced further if Δ𝑇sink is increased. As
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Figure 5.98: Variation of COPh with Δ𝑇sink at different values
of 𝑇sink(with 𝑃low = 100 bar) for two-stage heat pump

configuration with internal recuperation and intercooling, using
CO2 as working fluid.

Figure 5.99: Variation of 𝛽total as a function of Δ𝑇sink and
𝑇sink(with 𝑃low = 100 bar) for the two-stage heat pump

configuration with internal recuperation and intercooling, using
CO2 as working fluid.

a result, the required 𝛽total is higher for this configuration, and the maximum feasible Δ𝑇sink is lower,
resulting in a lower maximum feasible COPh. Figure 5.100 shows the effect of Δ𝑇sink on this heat pump
configuration‘s thermodynamic characteristics through the means of 𝑇𝑠 diagram at fixed 𝑃low and 𝑇sink
of 100 bar and 200∘C respectively. As the Δ𝑇sink value increases, the inlet temperature of turbines is
reduced. This combined with an increased expansion ratio (due to increased 𝛽total) leads to a lower
𝑇min value for this heat pump configuration. The similar trend is also confirmed by Figure 5.101, where
the variation of 𝑇min with Δ𝑇sink is shown at fixed 𝑃low of 100 bar.

Figure 5.100: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (with
𝑇sink = 250 ∘C and 𝑃low = 100 bar) on the two-stage heat

pump configuration with internal recuperation and
intercooling, using CO2 as working fluid.

Figure 5.101: Variation of 𝑇min as a function of Δ𝑇sink and
𝑇sink(with 𝑃low = 100 bar) for the two-stage heat pump

configuration with internal recuperation and intercooling, using
CO2 as working fluid.

For the case of air, the results are similar to those presented for the previous heat pump configurations
and thus are not reported here (Appendix C).
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5.4. Optimal Cycle Configurations
For all the cases, the best-performing heat pump configuration was selected from both the categories
(reverse Rankine cycle based and reverse Brayton cycle based) . Figure 5.102 and Figure 5.103 shows
an overview of the COPh obtained, with 𝑇source = 100 ∘C and 𝑇sink = 200 ∘C, for the different heat pump
configurations based on reverse Rankine cycle and reverse Brayton cycle respectively. For the reverse
Brayton cycle-based heat pump configurations, CO2 is selected as the working fluid because higher
COPh values were obtained as compared to air (Section 5.3). In Figure 5.103, the results are shown for
three different 𝑃low values because the heat pump performance is dependent strongly on the selected
pressure level (as discussed earlier in Section 5.3). To facilitate an easy comparison between the two
heat pump concepts, the maximum COPh value obtained using the reverse Rankine cycle based heat
pump configurations is highlighted by the dashed line in Figure 5.103.

Figure 5.102: Performance comparison of different
configurations based on reverse Rankine cycle for 𝑇source =

100 ∘C and 𝑇sink = 200 ∘C.

Figure 5.103: Performance comparison of different
configurations based on reverse Brayton cycle (under

sensible heat sink case) for 𝑇source = 100 ∘C, 𝑇sink = 200 ∘C
and Δ𝑇sink = 100 ∘C.

For reverse Rankine cycle based heat pump configurations, the two-stage configuration with a saturator
provided the highest COPh under the given boundary conditions. However, from a practical integra-
tion viewpoint, a drawback was found. For this configuration, it is impossible to control the degree of
superheating at the inlet of the second compressor. This is because the inlet thermodynamic state is
fixed by the outlet conditions of the saturator, which, by definition, is a saturated vapor state. For a
feasible compressor design, often in practice, a certain degree of superheating is used at the inlet to
avoid having any issues with the occurrence of two-phase flow within the compressor [104]. The same
conclusion was also found when performing the initial compressor design for the test cases selected in
this chapter (discussed further in Section 6.2). Therefore, for all the case studies, the two-stage heat
pump configuration with an internal heat exchanger and vapor injection was selected for the reverse
Rankine cycle category. The difference in COPh between the two configurations is around 1%; there-
fore, by selecting the heat pump with the internal heat exhchanger, the drop in COPh is very small. The
control of superheating at the second compressor inlet is achieved by regulating the amount of working
fluid injected through the valve upstream the internal heat exchanger.

For the reverse Brayton cycle-based heat pump configurations, the only constraint is related to the
maximum operating pressure level, which was selected as 250 bar (as discussed earlier in Section 5.2).
Thus, for this heat pump concept, the single-stage heat pump configuration with a recuperator was
selected for the different case studies.





6
Practical Integration - Case Studies

The final phase of the project involved a comparison between the reverse Rankine cycle and reverse
Brayton cycle based heat pump configurations for a few industrial test cases, to assess the actual
implications of the integration in an industrial process of the two heat pump concepts. Along with a
thermodynamic cycle analysis, the conceptual design of the turbomachinery components was also
performed for each test case. This section provides detail about the selected case studies and the
results obtained with the different heat pump configurations for each of them.

6.1. Selected Case Studies
Three different case studies were selected for this analysis. The first case study reflects a hypothetical
application based on the industrial potential identified from literature for the high-temperature heat pump
systems. The other two cases were chosen to represent a specific industrial processes.

6.1.1. Case 1

The first case study was formulated using the information gathered from literature regarding the indus-
trial potential of high-temperature heat pump systems, see Section 1.1 (Figure 1.5). The use of heat
pump units in industry is envisaged for small thermal capacity applications (<5 MW) and in terms of
temperature levels, sink temperatures greater than 150 ∘C guarantee the coverage of a large share
of industrial processes. Based on these observations, a hypothetical case scenario was constructed,
whose main specifications are summarized in Table 6.1. Similar to the methodology used for the ther-
modynamic analysis, both sink and source heat exchangers are modeled considering only one stream
(working fluid).

Table 6.1: Specifications of the case study 1.

Variable Value Units
𝑇source 100 ∘C
𝑇sink 200 ∘C
Sink capacity (𝑄̇sink) 1 MW
Δ𝑇min, HEX 10 K

87
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6.1.2. Case 2

The second case study concerns a spray drying process in the food industries. In this process, heated
air is used to dry the liquid food that is sprayed as atomized liquid in the drying chamber [105]. Within
the food industry, spray drying processes usually are characterized by high energy and temperature
level requirements compared to other processes [106]. Due to this high temperature and energy re-
quirements, combined with high thermal energy demand, this process can be considered promising for
heat pump implementation. In light of this, a spray drying process associated with milk production was
selected, using the data provided in [26]. Table 6.2 provides the case specifications, where 𝑞 refers
to the absolute humidity of the air flow. The required thermal capacity is fixed as the inlet, and outlet
temperatures of the air stream to be heated are known, along with the respective mass flow rate. On
the source side, only the inlet temperature is known. The source stream outlet temperature will be
determined by the coupling with the thermodynamic cycle of the heat pump.

Table 6.2: Specifications of the case study 2 (spray drying process).

Variable Value Units
Source 𝑇in 50 ∘C
Source 𝑇out - -
Source 𝑚̇ 64.3 kg/s
Source Stream Moist Air (𝑞in =28.88 g/kg) -
Sink 𝑇in 64 ∘C
Sink 𝑇out 210 ∘C
Sink 𝑚̇ 54.9 kg/s
Sink Stream Moist Air (𝑞in = 6.43 g/kg) -
Δ𝑇min, HEX 7.5 K

6.1.3. Case 3

The final case study is related to the alumina production process. Bayer process is usually the most
commonly used method to refine the bauxite to alumina [107]. This process has a high energy demand
since the energy is needed for pre-heating the bauxite and the digestion of the slurry generated in the
bauxite reduction process [108]. As a result, high amounts of waste thermal energy at different temper-
ature levels are available, which makes the process suitable for a potential heat pump implementation.
The data provided in [26] and summarized in Table 6.3 were used for this case study. The exhaust
air from the calciner stage is used as the thermal energy source for the heat pump. The data of the
stream to be heated is not available, but it is assumed that its specific heat capacity can be modeled
as constant (the fluid could be a molten salt or thermal oil) [108][109].

Table 6.3: Specifications of the case study 3 (alumina production process).

Variable Value Units
Source 𝑇in 110 ∘C
Source 𝑇out (max) 60 ∘C
Sink 𝑇in 140 ∘C
Sink 𝑇out 280 ∘C
Sink capacity (𝑄̇sink) 50 MW
Δ𝑇min, HEX 7.5 K
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6.2. Case 1

6.2.1. Reverse Rankine cycle based configuration

The design of the two-stage heat pump configuration with an internal heat exchanger and working
fluid injection has only one degree of freedom, namely, 𝑝intm. Following the methodology adopted in
Section 5.1, 𝑃frac, the ratio between the compression ratios of the two heat pump compressors, was
varied to get the optimal 𝑝intm value.

The optimal 𝑃frac is equal to 1.1 in this case. Table 6.4 shows the corresponding performance of the
system. The value of COPh reported here is lower than the value shown earlier in Section 5.1. This
is because, in this case, a degree of superheating of 11 K was added before the inlet of both com-
pressors. After simulating the system model, the specifications for the compressor design were also
obtained, see Table 6.5. Using these design requirements, the conceptual design was performed for
both compressors of the heat pump.

Table 6.4: Case 1 - main characteristics at the design point of
the two-stage configuration adopting an internal heat

exchanger and vapor injection (reverse Rankine cycle based).

Variable Value Units
COPh 2.64 -
𝑄source 641 kW
𝛽total 27.19 -
𝑃frac, optim 1.1 -
𝑚̇comp 1 0.31 kg/s
𝑚̇comp 2 0.42 kg/s

Table 6.5: Case 1 - compressor design requirements for the
two-stage configuration adopting an internal heat exchanger

and vapor injection (reverse Rankine cycle based).

Variable Compressor 1 Compressor 2
𝑃𝑡,𝑖𝑛 0.702 bar 3.84 bar
𝑇𝑡,𝑖𝑛 101𝑜C 153.1𝑜C
𝛽total 5.47 4.97
𝑚̇ 0.31 kg/s 0.42 kg/s

Before performing the optimization of the compressor design, a manual exploration of the design space
was conducted for both heat pump compressors. The selected value for the degree of superheating
was also decided based on this initial design investigation. The results of this manual design investi-
gation are added in Appendix D, and only the design optimization results are provided here. The main
outcomes of the preliminary design investigation were: both compressors require at least two stages
to comply with the prescribed compression ratio. If only one stage is adopted, the maximum peripheral
speed at the impeller outlet (𝑈2) exceeds the value of 700 m/s, whatever is the chosen set of design
variables. This range of 𝑈2 values is well beyond the mechanically feasible condition [103]. With a twin
stage design, the definition of the velocity triangle at the outlet of the stage is critical, as the angle of
the relative speed at the impeller outlet (𝛽2) becomes positive (indicating forward swept blades). The
forward swept blades are undesirable as the maximum efficiency operating points fall in the unstable
region [90]. Depending on 𝜅, the split of the compression ratio between the two stages, this critical
condition occurs at the outlet either of the first stage or the second stage. Therefore, in the design
optimization, constraints on the maximum 𝛽2, 𝑈2, and 𝑅𝑃𝑀 were imposed to guarantee the feasibility
of the twin stage compressor design.

The compressor immediately after the thermal source of the heat pump is called as first compressor
(or compressor 1), while the other compressor (before the inlet of the thermal sink) is referred to as the
second compressor (or compressor 2).

Table 6.6 shows the design constraints for the first compressor. Their values were obtained after a few
iterative attempts based on preliminary results of the optimization. Therefore, the value of maximum
power on the design speed line was also determined based on these initial runs. The optimization
was performed using the NSGA-II algorithm. The Latin hypercube sampling method was used to get
the initial population, where ten individuals were used for every design variable. This resulted in 160
evaluations per population (10x16 design variables). Table 6.7 shows the optimization results for the
first compressor design.
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Table 6.6: Constraints values selected for the design of
compressor 1 design of Case 1, for the two-stage

configuration adopting an internal heat exchanger and vapor
injection (reverse Rankine cycle based).

Constraint Variable Type of Constraint Value
𝛽2 Maximum Value −6𝑜
𝑈2 Maximum Value 590 m/s
RPM Maximum Value 100e3
𝑊el Maximum Value 250 kW
𝐴𝑅 Minimum Value 0.24
𝐴𝑅 Maximum Value 1.5
𝑀4 Maximum Value 0.7

Choke Margin Minimum Value 1.05
Δ𝛽𝑡𝑜𝑡𝑎𝑙 Maximum Value 20 %

Table 6.7: Compressor 1 design optimization results for
two-stage configuration adopting an internal heat exchanger

and vapor injection (reverse Rankine cycle based).

Parameter Value
Number of function evaluations 13760
Number of generations 86
Number of Logical Processors Used 8
Total Time Taken [hr] 72.3
Average Time per Generation [min] 50.4

The convergence of the optimization run is presented in Appendix D. Figure 6.1 shows the obtained
Pareto front for the compressor 1 design. Fourteen non-dominated design options were obtained for
this compressor. The chosen optimal conceptual design represents a trade-off between the operating
range and the total-to-total compressor efficiency value. The associated design variables of this solution
are listed in Table 6.8. The value of 𝜅 is greater than 1. As per the findings reported in [88], having
𝜅 > 1 helps enhancing the efficiency of both the stages without penalizing the operating range of the
compressor. The value of the isentropic loading coefficient (𝜓is) for the first stage is found close to the
upper limit, which can be explained by the need to comply wit the stringent constraint on the RPM of
the machine. The second impeller is found to have a more negative backsweep angle than the first
stage. The reason behind such a trend is related to the size of the two machines. A higher value of
the relative clearance gap is obtained for the second impeller because of the reduced blade height.
This reduction in blade height is a consequence to the reduced volumetric flow rate in the second
impeller. The net effect of this larger relative clearance gap is a decrease in efficiency. To counteract
this decrease in efficiency, the meridional velocity component is decreased at the second impeller exit
such that the blade span at the impeller outlet increases. Having a more negative backsweep angle
helps in achieving this desired effect [88].

Figure 6.1: Pareto front obtained for the design of
compressor 1 of the reverse Rankine cycle based

configuration, under Case 1 conditions.

Table 6.8: Design variables corresponding to the selected
optimal design point for compressor 1 (from Pareto front) of
reverse Rankine cycle-based configuration, under Case 1

conditions.

Variable Stage 1 Stage 2
𝛽tt, target 2.68 2.04
kRPM 97 97
𝜙t1 0.169 0.094
𝜓is − 𝜓 0.95 − 0.81 0.92 − 0.81
𝛼2 66.1∘ 63.7∘
𝑘 0.86 0.96
𝑁bl − 𝑁split 19 − 0 24 − 12
𝑅3/𝑅2 1.64 1.79
𝑅r,pinch 0.44 0.18
𝐻r,pinch 0.05 0.31

Figure 6.2 shows the meridional flow path of the individual stages of the optimal design for compressor
1. The average axial and radial dimensions of both stages are similar, but the impeller shape factor is
different. Therefore, the axial width of the diffuser is also different for the two stages.
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(a) Stage 1 (b) Stage 2

Figure 6.2: Meridional flow path obtained for optimized design of compressor 1, for reverse Rankine cycle based configuration,
under Case 1 conditions.

Finally, the operating maps were also obtained for this optimized design. Figure 6.3a and Figure 6.3b
shows the maps of the total pressure ratio (𝛽𝑡𝑡) and total-to-total efficiency (𝜂𝑡𝑡). The nominal RPM
value was found to be 97E+03 (Table 6.8). At the design point, the 𝜂𝑡𝑡 for the whole machine is around
84 %, and the required power is 130 kW. With an increase in RPM, the speed lines tend to change their
slope, which is expected per the reference designs shown in literature [90].

(a) 𝛽𝑡𝑡 vs 𝑚̇ (b) 𝜂𝑡𝑡 vs 𝑚̇

Figure 6.3: Operating maps obtained for the optimized design of compressor 1, of the reverse Rankine cycle based
configuration, under Case 1 conditions.

For the design of compressor 2, the same procedure adopted previously for compressor 1 was followed.
Table 6.9 shows the constraints considered while solving the related optimization problem. Compared
to compressor 1, the constraint on maximum RPM had to be relaxed because of the higher operating
pressure of this compressor. The initialization method based on Latin hypercube was used for the
optimization algorithm. Table 6.10 shows the results of the optimization for the second compressor.



92 6. Practical Integration - Case Studies

Table 6.9: Constraint values selected for the design of
compressor 2 of Case 2 - two-stage configuration adopting an
internal heat exchanger and vapor injection (reverse Rankine

cycle based).

Constraint Variable Type of Constraint Value
𝛽2 Maximum Value −5𝑜
𝑈2 Maximum Value 600 m/s
RPM Maximum Value 115e3
𝑊el Maximum Value 450 kW
𝐴𝑅 Minimum Value 0.24
𝐴𝑅 Maximum Value 1.5
𝑀4 Maximum Value 0.7

Choke Margin Minimum Value 1.05
Δ𝛽𝑡𝑜𝑡𝑎𝑙 Maximum Value 20 %

Table 6.10: Compressor 2 design optimization results for
two-stage configuration adopting an internal heat exchanger

and vapor injection (reverse Rankine cycle based).

Parameter Value
Number of function evaluations 21600
Number of generations 135
Number of Logical Processors Used 12
Total Time Taken [hr] 150.7
Average Time per Generation [min] 67

The convergence of the optimization run is presented in Appendix D. Figure 6.4 shows the obtained
Pareto front for the design of compressor 2. Fourteen non-dominated design options were obtained.
The value of operating range (𝑂𝑅) is higher for this compressor than for compressor 1. However,
the values of efficiency are lower. Like compressor 1, the optimal conceptual design was chosen as
a trade-off between the operating range and the total-to-total compressor efficiency, see Figure 6.4.
Table 6.11 shows the associated design variables of the chosen optimal solution. Similar values are
observed for the design variables of the two stages, as for the first compressor. In this case, however,
the value of 𝛽2 is very close to the lower bound set in the optimization and less negative than in the first
impeller. The reason thereof is the value of 𝜅, which is about 1.1, whereas, for compressor 1, instead of
1.3 as in compressor 1. It results that the backsweep has to be minimized to ensure that the maximum
𝑈2 value remains in the feasible range.

Figure 6.4: Pareto front obtained for the design of
compressor 2 of the reverse Rankine cycle based

configuration, under Case 1 conditions.

Table 6.11: Design variables corresponding to the selected
optimal design point for compressor 2 (from Pareto front) of
the reverse Rankine cycle-based configuration, under Case 1

conditions.

Variable Stage 1 Stage 2
𝛽tt, target 2.34 2.12
kRPM 114 114
𝜙t1 0.072 0.029
𝜓is − 𝜓 0.92 − 0.83 0.96 − 0.86
𝛼2 67.2∘ 71.9∘
𝑘 0.65 0.79
𝑁bl − 𝑁split 25 − 0 26 − 13
𝑅3/𝑅2 1.49 1.53
𝑅r,pinch 0.91 0.98
𝐻r,pinch 0.95 0.99

The nominal RPM value was found to be 114E+03 (Table 6.11) for this compressor design. At the
design point, the 𝜂𝑡𝑡 for the whole machine is around 78 %, and the required power is found to be
210 kW. Figure 6.5a and Figure 6.5b shows the operating maps of the total pressure ratio (𝛽𝑡𝑡) and
total-to-total efficiency (𝜂𝑡𝑡). In this case, the speed line associated with the highest RPM was found
to have numerical errors. Because of this only part of the speed line is shown in the operating maps.
The reason behind this is expected to be related to the numerical errors associated with the solution of
implicit empirical models.

Figure 6.6 shows the meridional channel of the individual stages for the optimal design of compressor
2. The average axial and radial dimensions of the second stage are found to be higher. Further, the
impeller shape factor is different for both stages. As a result, the axial width of the diffuser is also
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(a) 𝛽𝑡𝑡 vs 𝑚̇ (b) 𝜂𝑡𝑡 vs 𝑚̇

Figure 6.5: Operating maps obtained for the optimized design of compressor 2 of the reverse Rankine cycle based
configuration, under Case 1 conditions.

different for the two stages. It is smaller in the second stage than in the first stage. At the design point,
volute, diffuser, and friction losses were highest in magnitude (in order) for the first stage. Whereas
for the second stage, the percentage of diffuser loss was almost twice as large as that in the first
compressor, followed by friction and volute losses.

Finally, a preliminary investigation was done for both compressor designs to check the feasibility of the
required electric motor design. For this purpose, the maps reported in [110][111] and reproduced in
Figure 6.7 were used. In both charts, the required RPM and power for compressors 1 and 2 are high-
lighted in red and blue, respectively. As these points represent the design conditions, only a qualitative
assessment is possible. Further, note that the location of the points representing the selected com-
pressor designs on the map is approximated. However, this is considered sufficient for this work, as
the main objective is to assess the feasibility of an electric motor directly connected to the compressor
impellers based on the existing machines.

(a) Stage 1 (b) Stage 2

Figure 6.6: Meridional flow path obtained for the optimized design of compressor 2 of the reverse Rankine cycle based
configuration, under Case 1 conditions.



94 6. Practical Integration - Case Studies

The scales of the y-axis in both figures is logarithmic. Therefore, the difference between the design
points of the two compressors is small on the map. For compressor 1, the design point is within the
feasible design region, and there are existing machines with similar characteristics. However, the
design point of compressor 2 is farther away from the region covered by commercial products (the limit
of this region is shown as a solid black line in the figure). Nevertheless, the combination of rotational
speed and power required for compressor 2 is still within the vicinity of the feasible region, and given
the latest advancements in the motor designs for high RPM and high power [112], it can be expected
that machines with these characteristics will become available in the near future. However, dedicated
investigations must be carried out to confirm the mechanical feasibility of such an electric motor.

(a) Study 1 [110] (b) Study 2 [111]

Figure 6.7: Electric motor requirements for both the compressors of Case 1, superimposed on the feasibility limits of electric
motors obtained from the literature.

6.2.2. Reverse Brayton cycle based configuration

The design of the CO2 single-stage heat pump with internal recuperation has two degrees of freedom,
i.e., 𝑃low and Δ𝑇sink. For the value of Δ𝑇sink, the limiting value depends on the temperature of the thermal
source and the minimum temperature difference in the recuperator. This resulted in a Δ𝑇sink of 100 ∘C.
Using this value of Δ𝑇sink, the variation of COPh and 𝛽total, as a function of 𝑃low, was analyzed to check
the maximum feasible pressure in the thermal source. Figure 6.8 shows the obtained results. In this
figure, the dashed black line indicates the maximum allowed value of 𝛽total for a given 𝑃low value, based
on the maximum operating pressure limit of 250 bar.

Figure 6.8: Variation of COPh and 𝛽total with 𝑃low, for the
CO2 single stage configuration with internal recuperation,

under the operating conditions of case 1.

Table 6.12: Case 1 - Main characteristics of single-stage
configuration with internal recuperation.

Variable Value Units
COPh 2.68 -
𝑄source 661 kW
𝛽total 2.75 -
𝑃low 90 bar
𝑚̇ 5.84 kg/s
𝑇t, comp in 100 ∘C
𝑇t, turb in 103.2 ∘C
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Based on the trends shown in Figure 6.8, the optimal value of 𝑃low was found to be 90 bar. The
characteristics of this heat pump configuration, which results from assuming Δ𝑇sink 100∘C and 𝑃low 90
bar, are shown in Table 6.12. The value of COPh is higher for this configuration than for the reverse
Rankine cycle based heat pump configuration. However, the relative increase inCOPh is only about 1.4
%. This result is in contrast with those reported in Section 5.3. The main reason is the thermodynamic
loss associated with the 10∘C of superheating imposed at the inlet of both compressors of the steam
heat pump, which leads to a decrease in COPh value.

Compared to the case of the reverse Rankine cycle, the design requirements of the compressor of
this heat pump concept are less stringent as the required compression ratio (𝛽total) is lower, and the
operating mass flow rate is higher. Due to the lower 𝛽total, a single-stage machine was found to be
feasible. Table 6.13 shows the design constraints accounted in the optimization of the single stage
CO2 compressor. Table 6.14 shows the results of the optimization. The convergence of the optimization
algorithm is discussed in Appendix D. Figure 6.9 shows the Pareto front.

Table 6.13: Constraints values selected for the design of the
compressor of the Case 1 for CO2 single stage configuration

with internal recuperation.

Constraint Variable Type of Constraint Value
𝛽2 Maximum Value −10𝑜
𝑈2 Maximum Value 550m/s
RPM Maximum Value 100e3
𝑊el Maximum Value 700 kW
𝐴𝑅 Minimum Value 0.24
𝐴𝑅 Maximum Value 1.5
𝑀4 Maximum Value 0.7

Choke Margin Minimum Value 1.05
Δ𝛽𝑡𝑜𝑡𝑎𝑙 Maximum Value 5 %

Table 6.14: Compressor design optimization results for the
CO2 single stage configuration with internal recuperation.

Parameter Value
Number of function evaluations 3840
Number of generations 48
Number of Logical Processors Used 4
Total Time Taken [hr] 14.2
Average Time per Generation [min] 17.7

35 non-dominated design options were obtained for this compressor. Though the optimization algorithm
did not achieve full convergence with respect to the applied tolerances. Therefore, the solutions on the
Pareto front may be still sub-optimal.

Figure 6.9: Pareto front obtained for the design of
compressor of the reverse Brayton cycle based configuration,

under Case 1 conditions.

Table 6.15: Design variables corresponding to the selected
optimal design point for the compressor (from Pareto front) of
the reverse Brayton cycle-based configuration, under Case 1

conditions.

Variable Value
𝛽tt, target 2.75
kRPM 92.3
𝜙t1 0.022
𝜓is − 𝜓 0.85 − 0.68
𝛼2 72∘
𝑘 0.93
𝑁bl − 𝑁split 12 − 0
𝑅3/𝑅2 1.34
𝑅r,pinch 0.915
𝐻r,pinch 0.802

Table 6.15 shows the design variables associated with the chosen optimal design. Notice, very low
value of swallowing capacity of the compressor. This is because of the constraint applied on the max-
imum RPM value. Further, no splitter blades were needed for this design. As a result of low 𝛽total and
the characteristics of CO2 as working fluid, the maximum 𝑈2 value, in this case, was found well below
the limit of 550 m/s (around 380 m/s). At the nominal operating conditions, the main losses, in order
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of relevance, are clearance, leakage, diffuser, and friction losses. Figure 6.10 shows the meridional
channel obtained for the optimal design of this compressor. The axial and radial dimensions are lower
than those of the H2O compressors, despite the higher mass flow rate. This is because the volumetric
flow rate is lower for this case due to the higher density of CO2. The compactness of the machine also
explains why the leakage losses are higher for this design, as compared to the H2O compressors. The
design point RPM value was found to be 92E+03 (Table 6.15). At the design point, the 𝜂𝑡𝑡 for the whole
machine is around 80 %, 𝑂𝑅 is equal to 0.76, and the required power is 480 kW.

Figure 6.11a and Figure 6.11b shows the operating maps of the total pressure ratio (𝛽𝑡𝑡) and total-
to-total efficiency (𝜂𝑡𝑡), obtained for the optimized design. The triangle and square symbols in these
figures represent the stall/surge and choking limit, respectively. These symbols were not present for
the case of H2O compressors because, in the case of the twin stage configuration, the final operating
map is obtained based on the operating maps of the individual stages. Therefore, for example, if one
of the stages does not have feasible operating points in a certain range of values for mass flow rate,
then those operating points will not even be considered for the other stage. As a result, it is possible
that the true limits of individual stages are not shown, but since the stages operation is coupled, the
final operating range is dictated by the individual operating maps of both stages.

Figure 6.10: Meridional flow path obtained for the optimized compressor design of the reverse Byaton cycle based
configuration, under Case 1 conditions.

(a) 𝛽𝑡𝑡 vs 𝑚̇ (b) 𝜂𝑡𝑡 vs 𝑚̇

Figure 6.11: Operating maps obtained for the optimized compressor design of the reverse Brayton cycle based configuration,
under Case 1 conditions.
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As for the case of H2O compressors, the feasibility of electric motor design was also investigated for
this CO2 compressor. Figure 6.12 shows the design point of the CO2 compressor superimposed on
the feasible design maps of electric motors, obtained from the literature. For this compressor design,
the required electric motor characteristics are further away from the feasible region than the H2O com-
pressors. This is mainly because of the high power required. However, one study in the literature was
found mentioning feasible commercial CO2 compressors up to 40 MW, but no information about the
RPM or maximum pressure value was provided [113]. Therefore, to loosen the requirements of the
electric motor, the possibility to couple the compressor and turbine on the same shaft was considered,
such that the turbine can supply a part of the required compressor power. As a result, a lower power
requirement would be needed for the electric motor, facilitating its design. However, such a configu-
ration has also drawbacks, mainly related to the system startup and matching of the operating range
of both compressor and turbine. The investigation of such issues was out of the scope of the current
project. Nevertheless, it was investigated the design of the turbine if this has to operate at the same
rotational speed of the compressor.

(a) Study 1 [110] (b) Study 2 [111]

Figure 6.12: Electric motor requirements for CO2 compressor of Case 1, superimposed on the feasibility limits of electric
motors obtained from the literature.

More in detail, two conceptual designs were obtained for the turbine. In the first design (design 1),
no constraint on RPM was imposed, and the duty coefficients were optimized for maximum efficiency.
Whereas for the second design (design 2), the duty coefficients were optimized to match the RPM of
the compressor. Some of the geometrical parameters of the turbine were not optimized but their val-
ues was defined based on the reference designs provided in literature for CO2 and similar operating
conditions [114][115]. These selected values are provided in Appendix D. To design the diffuser geom-
etry, guidelines provided in literature guaranteeing the minimization of the fluid-dynamic losses were
followed [116][117].

The main characteristics of the two turbine designs are shown in Table 6.16 and Table 6.17. Observing
the characteristics of the two design options, it can be concluded that the relative difference in efficiency
value is small (<1 %). Given the associated uncertainties with the empirical loss and fluid model,
this difference cannot be considered significant. Therefore, in this case, it is possible to arrange the
compressor and turbine on the same shaft without any penalty on turbine performance, at least at the
design point. The full operating map needs to be investigated to assess the penalty in efficiency that
may occur in off-design conditions. Further, comparing the dimensions of the two machines, the design
of the mechanical coupling between the compressor and turbine may be not trivial, with the result that
the complexity and cost of the overall assembly may considerably increase.

Themeridional channel of the two design solutions is shown in Figure 6.13 and Figure 6.14 respectively.
Design 1 has a smaller radial extension for the diffuser and impeller blades than design 2. However,
the axial dimension of the impeller section is higher for the case of Design 1. The diffuser design is
also very similar for both the solutions because of the similar design inputs. Nevertheless, the diffuser
for design 2 is found to be longer as compared to design 1.
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Table 6.16: Design variables corresponding to the optimized
turbine design of reverse Brayton cycle-based configuration,

under Case 1 conditions (with no constraint on RPM).

Variable Value Units
𝛽tt 2.79 -
𝜂tt 0.845 -
kRPM 114.9 -
𝑊out 161.5 kW
𝜙2 0.311 -
𝜓 0.719 -
𝜒 0.58 -
𝛼2 67.4 ∘

𝛽3 −52.7 ∘

𝑁rotor 10 -
𝑁stator 12 -

Table 6.17: Design variables corresponding to the optimized
turbine design of reverse Brayton cycle-based configuration,
under Case 1 conditions (with turbine and compressor on the

same shaft).

Variable Value Units
𝛽tt 2.78 -
𝜂tt 0.838 -
kRPM 94.3 -
𝑊out 160.3 kW
𝜙2 0.283 -
𝜓 0.739 -
𝜒 0.567 -
𝛼2 69.7 ∘

𝛽3 −52.7 ∘

𝑁rotor 11 -
𝑁stator 6 -

Figure 6.13: Meridional flow path corresponding to the
optimal turbine design, for the reverse Byaton cycle based
configuration, under Case 1 conditions (with no constraint on

RPM).

Figure 6.14: Meridional flow path corresponding to the
optimal turbine design, for the reverse Byaton cycle based
configuration, under Case 1 conditions (with turbine and

compressor on the same shaft).

6.3. Case 2 - Spray drying process
This case study considers the use of a heat pump to provide the required thermal input of a spray drying
process in a milk production plant. In this case, both the waste thermal energy source and the stream
to be heated are moist air, with different values of specific humidity. Therefore, in the thermal source
side heat as the moist air is cooled down and the temperature decreases below the dew point, some
of the water vapor condenses.

6.3.1. Reverse Rankine cycle based configuration

The model of the two-stage heat pump configuration adopting an internal heat exchanger and vapor
injection had to be modified. Mainly because, the evaporation and condensation temperature must be
selected based on the process stream conditions and the assumed minimum temperature differences
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in the heat exchangers. The modified heat pump system model is shown in Figure 6.15 and the values
used to make the system of equations well-posed are listed in Table 6.18. The degrees of freedom
associated with the design of the heat pump are highlighted in red in this table, following the nomen-
clature discussed earlier in Section 3.4. To simplify the analysis, the value of 𝑃frac was taken equal to
1, to fix 𝑃intm.

Figure 6.15: Schematic of the two-stage heat pump adopting
an internal heat exchanger and vapor injection, selected for

Case 2.

Table 6.18: Additional equations to close the mathematical
model of the heat pump.

State/Components Imposed Constraints
1 x = 1, T = T1
1b T1b = T1 + Δ𝑇suph
2 𝑝2 = 𝑝intm
3 T3 = T7b + Δ𝑇suph
4 None
4b x = 1, 𝑇4b
4c x = 0
5 T5 = T4c − ΔTsubc
5b T5b = T7b + ΔT
6 X = Xref
7b 𝑝7b = 𝑝intm

Compressor 𝜂is, c , 𝜂m , 𝜂motor

To understand the requirements of the process, an exemplary temperature-heat diagram is shown in
Figure 6.16 for this process, where the x-axis represents the transferred thermal energy and the y-axis
represents the temperature level. Concerning the condensation temperature (𝑇4𝑏 or 𝑇cond), the value of
Δ𝑇min is the governing factor, along with the process stream requirements. In the sink, the pinch point
occurs in correspondence of the starting of steam condensation. Using the information about the pinch
point location, the minimum required condensation temperature can be calculated based on simple
energy balances over the desuperheater and the condenser. Notably, it results that the expression for
the condensing temperature reads as shown in Equation (6.1).

Figure 6.16: An exemplary Temperature-heat diagram for a
reverse Rankine cycle-based heat pump when integrated with

process of Case 2.

Figure 6.17: Temperature-heat diagram corresponding to
optimized thermodynamic cycle found for the reverse Rankine
cycle based heat pump integration when integrated with the

process of Case 2.

𝑇′ = 𝑇sink, out − (
(𝑇sink, out − 𝑇sink, in)

𝑄̇sink
⋅ 𝑄̇desup)

𝑇cond = 𝑇′ + Δ𝑇min
(6.1)
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A similar procedure cannot be followed to determine the evaporation temperature, as the thermal source
capacity is not given and the outlet temperature for waste heat stream is also not specified. Selecting
a high evaporation temperature is desired, as it would decrease the required pressure ratio. However,
this can lead to an infeasible outlet temperature of the source stream. For example, selecting the
highest possible evaporation temperature (𝑇source, in - Δ𝑇min) of 42.5 ∘C, the thermal power recovered
from the thermal source of the heat pump is around 4.3 MW. To achieve this value, the moist air which
represents source stream needs to be cooled to around 15 ∘C, which is infeasible. An example of a
possible feasible solution is shown in Figure 6.17, where the evaporation temperature is 15 ∘ and the
degree of superheating is set as 25 ∘C at the inlet of the first compressor and 10 ∘C at the inlet of the
second compressor, along with degree of subcooling as 20 ∘C. For this set of thermodynamic cycle
parameters, the required total pressure ratio is around 490, which is infeasible for a two-stage heat
pump system (considering a maximum of two stages per compressor). As can be observed from the
figure, there is a mismatch between the the temperature profile of two streams at the sink side, which
results in higher irreversibilities thus lowering the overall thermodynamic performance.

Considering the obtained preliminary results, it was concluded that the reverse Rankine cycle based
heat pump is not suited to this process. The temperature of the waste thermal energy source is too
low, leading to very low saturation pressure values. This, combined with the high condenser pressure,
results in a very high pressure ratio.

6.3.2. Reverse Brayton cycle based configuration

Also for the single-stage heat pump configuration with internal recuperation, a different model setup
was used with respect to what documented in Chapter 5. Notably, 𝑃low along with 𝛽total (pressure ratio
of the cycle) and the turbine outlet temperature (𝑇6) were selected as the degrees of freedom of the
design of the thermodynamic cycle. This is also similar to the model setup used in the literature for a
similar test case [26].

Before optimizing the thermodynamic cycle, the effect of each degree of freedom on the COPh was
investigated. Figure 6.18 shows the effect of 𝛽total and 𝑃low on the heat pump COPh, the temperature
of the working fluid at the outlet of the thermal source (𝑇1) and at the outlet of the thermal sink (𝑇4).
In these figures, the limiting values of these temperatures are also indicated. For 𝑇1, this temperature
must be lower than the source inlet temperature (by at least Δ𝑇min), whereas, for 𝑇4, this temperature
must be higher than the sink stream outlet temperature (by at least Δ𝑇min). As can be observed from
the figure, the limiting value for 𝛽total, for a fixed 𝑃low, is governed by 𝑇1. Therefore, the maximum
feasible COPh is also dictated by this limit. Also, with an increase in 𝑃low, the maximum feasible 𝛽total
decreases.

Figure 6.19 shows the effect of the minimum temperature of the cycle (𝑇6) on COPh and 𝑇1, for different
𝛽total values. In this case, the value of 𝑇1 is again found to be the parameter limiting the performance of
the cycle. For a given 𝑇6, the maximum allowed value of 𝛽total depends on 𝑇1. Based on this information,
the optimization was carried out to maximize the COPh while enforcing the assumed Δ𝑇min in all the
heat exchangers.

The optimization was carried out using the NSGA-II algorithm, of the Pymoo library, a Python optimiza-
tion library. For each design variable, ten individuals were selected for the initial population. Therefore,
a total of 30 evaluations were performed per generation. Table 6.19 shows the optimized heat pump
parameters and Table 6.20 shows the corresponding main heat pump characteristics.

The obtained temperature-heat diagram for this heat pump configuration is shown in Figure 6.20. The
smaller mismatch between the temperature profiles of the cold and hot streams for both the heat ex-
changers, implies lower irreversibilities associated with the heat transfer. No compressor design was
performed for this configuration since a comparison with the compressors of the reverse Rankine cycle-
based heat pump was infeasible for this case. Nevertheless, observing the design requirements for
the compressor (based on Table 6.19), it is expected that a feasible compressor design for this config-
uration can be obtained using a single-stage compressor.
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Figure 6.18: Effect of 𝛽total and 𝑃low on COPh, 𝑇1 and 𝑇4 of
the single-stage configuration with internal recuperation,

under case 2 conditions.

Figure 6.19: Effect of 𝛽total and 𝑇min on the COPh and 𝑇1 of
the single-stage configuration with internal recuperation,

under case 2 conditions.

Table 6.19: Optimal values of the design parameters obtained
for the single-stage heat pump configuration with internal

recuperation, for Case 2.

Cycle Parameter Value Units
𝑃low 30.5 bar
𝑇6 −4.94 ∘C
𝛽total 2.69 -

Table 6.20: Case 2 - Main characteristics of the optimized
single-stage heat pump configuration with internal

recuperation.

Variable Value Units
COPh 1.66 -
𝑄source 3.68 MW
𝑚̇ 65.9 kg/s

Figure 6.20: Temperature-heat diagram corresponding to optimal cycle parameters found for the reverse Brayton cycle-based
heat pump when integrated with the process of Case 2.
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6.4. Case 3 - Alumina production

6.4.1. Reverse Rankine cycle based configuration

For this case, the model setup of the two-stage heat pump configuration with an internal heat exchanger
and vapor injection is similar to the one presented for Case 2 in Figure 6.15 and Table 6.18. Firstly, the
effect of 𝑃frac was analyzed. Figure 6.21 shows the variation of the COPh and maximum temperature
of the cycle (𝑇max) with 𝑃frac and for different evaporation temperatures (𝑇eva). The highest COPh is
found at very low values of 𝑃frac. However, for this re-partition of the pressure ratio between the two
compressors, 𝑇max value becomes greater than 600 ∘C, which is not desired given the costs and the
technical complexity of systems operating at such high temperature levels. Therefore, it was decided
to assume the 𝑃frac equal to 1.0, as it will also help to reduce the compressor design complexity.

The condensation temperature is calculated as in Case 2, using Equation (6.1). The only difference is
that, in this case, the mass flow rate of the stream to be heated is not provided; instead, the thermal
power to be delivered to the sink is given. So the same method can be followed. For the selection of
𝑇eva, again a trade-off between the process requirements and the required pressure ratio (𝛽total) needs
to be found. The minimum value for the source outlet temperature is provided in this case (= 60∘C).
Considering this maximum value as the target for the cycle design, 𝑇eva is then 52.5 ∘C (60∘C - Δ𝑇𝑚𝑖𝑛).
Using this value of 𝑇eva, combined with a degree of superheating 10 ∘ at the inlet of two compressors,
respectively, and a subcooling of 20 ∘, the required 𝛽total is around 250, which is infeasible, assuming
a twin stage configuration for both the compressors.

Figure 6.21: Effect of 𝑃frac and 𝑇evap on cycle characteristics of two-stage configuration adopting an internal heat exchanger
and vapor injection, under Case 3 conditions.

To find a feasible solution, it is assumed that the stream representing the thermal energy source of the
heat pump is cooled to a higher temperature. However, this choice can lead to a lower thermal power
recuperated by the heat pump and then a lower power delivered to the sink. Since no information about
the waste heat stream is given, it is assumed that the required thermal power at the sink can be met
by adjusting the waste thermal energy stream mass flow rate. Using this approach, a feasible solution
is found using 𝑇eva of 85 ∘, with a degree of superheating of 11 ∘ the inlet of both compressors and 20
∘ subcooling. The temperature-heat diagram for this scenario is shown in Figure 6.22.

As can be observed from Figure 6.22, there is a large mismatch between the temperature profile of
the two streams in the heat exchanger corresponding to the thermal sink, which implies higher irre-
versibilities associated with heat transfer and thus a lower thermodynamic performance. Table 6.21
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Figure 6.22: Temperature-heat diagram corresponding to the optimized cycle of the reverse Rankine cycle based heat pump
when integrated with the process of Case 3.

provides the main characteristics for this heat pump configuration, using the temperature values men-
tioned above. Due to the large thermal power delivered to the sink, the required mass flow rate of the
working fluid is higher compared to previous case studies. The corresponding design requirements of
both compressors are shown in Table 6.22.

Table 6.21: Case 3 - Main characteristics at the design point
of the two-stage configuration adopting an internal heat

exchanger and vapor injection.

Variable Value Units
COPh 2.11 -
𝑄source 27.45 MW
𝛽total 68.35 -
𝑃frac 1.0 -
𝑚̇comp 1 13.68 kg/s
𝑚̇comp 2 20.14 kg/s

Table 6.22: Case 3 - compressor design requirements for the
two-stage configuration adopting an internal heat exchanger

and vapor injection.

Variable Compressor 1 Compressor 2
𝑃𝑡,𝑖𝑛 0.579 bar 4.78 bar
𝑇𝑡,𝑖𝑛 96 ∘C 161.2𝑜C
𝛽total 8.27 8.27
𝑚̇ 13.68 kg/s 20.14 kg/s

As a next step, the preliminary design of both the compressors was performed. The adopted method-
ology is similar to the one discussed earlier for case 1. However, the designs obtained for both the
compressors showed numerical issues related with some of the loss models used in TurboSim, as this
design tool is not validated for this scale of machines. Due to this reason, the results related to the
design of the two compressors are not shown here. During the Project, the TurboSim was repeatedly
updated, as a result of which some of these observed issues have been resolved. However, given the
planned project timeline, it was not possible to re-run the optimizations for this case as the associated
computational time is very high.

6.4.2. Reverse Brayton cycle based configuration

The model setup for this test case was similar to the one described for case 2. Similarly, the heat
pump parameters were optimized to maximize the COP, while ensuring the prescribed Δ𝑇min in all the
heat exchangers. Table 6.23 shows the values of the optimized variables and Table 6.24 shows the
corresponding main characteristics of the heat pump.
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Table 6.23: Optimized cycle parameters for the single stage
configuration with internal recuperation, under Case 3

conditions.

Cycle Parameter Value Units
𝑃low 60 bar
𝑇6 31.15 ∘C
𝛽total 3.35 -

Table 6.24: Main characteristics of the optimized single-stage
configuration with internal recuperation, under Case 3

conditions.

Variable Value Units
COPh 1.97 -
𝑄source 26.95 MW
𝑚̇ 259 kg/s
𝑇t, comp in 123.4 ∘C
𝑇t, turb in 140 ∘C

As for the case of the reverse Rankine cycle based heat pump configuration, the requiredmass flow rate
is much higher due to larger sink capacity. The value ofCOPh obtained for this heat pump configuration
is lower than that obtained for the H2O heat pump. However, this heat pump configuration allows
the waste thermal energy source to be cooled to its required temperature, and no assumptions are
needed with respect to the mass flow rate of this stream. Therefore, the comparison between the
two configurations is inconsistent for this case because, for the case of reverse Rankine cycle-based
heat pump configuration, it is assumed that a temperature drop of around 20 ∘C is compatible with the
required thermal power at the sink, whereas, for this heat pump configuration, the same thermal power
at the sink is obtained with a temperature drop of 50 ∘C. The obtained temperature-heat diagram for this
heat pump configuration is shown in Figure 6.23. The temperature profile of the two streams in the heat
exchanger representing the thermal sink show a good match for this case, and the pinch point occurs at
the high-temperature side of the thermal source. This implies that the outlet temperature of the waste
heat stream could be further reduced without any negative impact on the heat pump thermodynamic
performance.

Figure 6.23: Temperature-heat diagram corresponding to the optimized cycle parameters found for the reverse Brayton cycle
based heat pump integration under Case 3 conditions.

Regarding the preliminary design of the compressor, Table 6.25 shows the constraints considered in
the optimization.Table 6.26 shows the corresponding results.
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Table 6.25: Constraints values selected for the design of the
compressor of Case 3 for the single stage configuration with

internal recuperation.

Constraint Variable Type of Constraint Value
𝛽2 Maximum Value −10𝑜
𝑈2 Maximum Value 550 m/s
RPM Maximum Value 100e3
𝑊el Maximum Value 40 MW
𝐴𝑅 Minimum Value 0.24
𝐴𝑅 Maximum Value 1.5
𝑀4 Maximum Value 0.7

Choke Margin Minimum Value 1.05
Δ𝛽𝑡𝑜𝑡𝑎𝑙 Maximum Value 5 %

Table 6.26: Compressor design optimization results for the
single stage configuration with internal recuperation, under

conditions of Case 3

Parameter Value
Number of function evaluations 6000
Number of generations 75
Number of Logical Processors Used 4
Total Time Taken [hr] 19.97
Average Time per Generation [min] 16

The convergence of the optimization algorithm is also documented in Appendix D. Figure 6.24 shows
the obtained Pareto front for the compressor design. 48 non-dominated design solutions were obtained
as a result of the optimization. The chosen solution represents a trade-off between the operating range
and the total-to-total efficiency of themachine. Table 6.27 shows themain characteristics of the selected
solution. The value of 𝛽2 is very close to the limit value. At the same time, the swallowing capacity and
the working coefficient values are close to their upper limit.

Figure 6.24: Pareto front obtained for the design of
compressor of the reverse Brayton cycle based configuration,

under Case 3 conditions.

Table 6.27: Design variables corresponding to the selected
optimal design for the compressor of the reverse Brayton
cycle based configuration, under Case 3 conditions.

Variable Value
𝛽tt, target 3.35
kRPM 15
𝜙t1 0.033
𝜓is − 𝜓 0.85 − 0.69
𝛼2 70.1𝑜
𝑘 0.965
𝑁bl − 𝑁split 12 − 0
𝑅3/𝑅2 1.7
𝑅r,pinch 0.34
𝐻r,pinch 0.58

Figure 6.25 shows the meridional channel of the compressor. The axial and radial dimensions are lower
than those of the H2O compressors, despite the higher mass flow rate. This is because the volumetric
flow rate is lower due to the higher density of CO2. At the design point, diffuser losses were found
to be the highest, followed by friction and clearance losses. Due to the large scale of the machine,
the leakage and recirculation losses become small as the relative clearance values decrease. For this
compressor design, the design point RPM value was found to be 15E+03 (Table 6.27), while the 𝜂𝑡𝑡 for
the whole machine is around 89.3 %, and the required power is about 28.3 MW.
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Figure 6.25: Meridional flow path obtained for the optimized compressor design of the reverse Byaton cycle based
configuration, under Case 3 conditions.

Figure 6.26a and Figure 6.26b shows the operating maps for the total pressure ratio (𝛽𝑡𝑡) and total-
to-total efficiency (𝜂𝑡𝑡), obtained for the selected optimal solution. Contrary to the case of the H2O
compressors, no numerical errors were observed for any of the speed lines.

(a) 𝛽𝑡𝑡 vs 𝑚̇ (b) 𝜂𝑡𝑡 vs 𝑚̇

Figure 6.26: Operating maps obtained for the optimized compressor design of the reverse Byaton cycle based configuration,
under Case 3 conditions.

For the obtained conceptual design of CO2 compressor, the feasibility of the required electric motor
design was also investigated, using a similar approach as for Case 1. Figure 6.27 shows the design
point obtained for this test case, superimposed on the electric motor design maps obtained from liter-
ature [111]. The required electric motor characteristics are in the feasible design region and fall in the
category of the machines typically found in oil and gas industries.
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Figure 6.27: Electric motor requirements of the CO2 compressor of Case 3, superimposed on the feasibility limits of electric
motors obtained from literature [111].

A conceptual design of the turbine was also obtained for this case. As for Case 1, only duty coefficients
were optimized, while the remaining geometrical parameters were selected based on reference designs
presented in literature [114]. Table 6.28 shows the main results of the preliminary design of the turbine,
based on the specifications in Table 6.23 and Table 6.24. The geometrical parameters used for this
case are similar to that of the turbine of Case 1 and are listed in Appendix D.

The meridional channel resulting from the preliminary design is shown in Figure 6.28. As for the com-
pressor, large dimensions (> 0.1 m) are also obtained for the turbine due to the high mass flow rate of
this application.

Table 6.28: Design variables corresponding to the optimized
turbine design of the reverse Brayton cycle based

configuration, under Case 3 conditions

Variable Value Units
𝛽tt 3.37 -
𝜂tt 0.835 -
kRPM 10.3 -
𝑊out 12.3 MW
𝜙2 0.237 -
𝜓 0.7191 -
𝜒 0.59 -
𝛼2 72 ∘

𝛽3 -52.7 ∘

𝑁rotor 11 -
𝑁stator 8 -

Figure 6.28: Meridional flow path obtained for the optimized
turbine design, for the reverse Byaton cycle based

configuration, under Case 3 conditions.





7
Discussion

7.1. Characteristics of the heat pump based on the reverse Rank-
ine and Brayton cycle

The first phase of the project was focused on the thermodynamic cycle analysis of different heat pump
configurations based on the reverse Rankine cycle and the reverse Brayton cycle. For all the 𝑇sink
values considered, using a similar modeling setup for both the heat pump types, the reverse Rankine
cycle based heat pump configurations (assuming no superheating and subcooling) outperformed those
based on the CO2 reverse Brayton cycle in terms of maximum COPh. For a 𝑇sink of 200∘C, with
𝑇source at 100∘C, the relative decrease in maximum COPh for the CO2 reverse Brayton cycle based
configurations was found to be around 30 %. When considering air as working fluid, this difference was
even higher (around 40 %). The reverse Brayton cycle based heat pump configurations showed lower
COPh because of higher compressor outlet temperatures. In reality, such high temperature levels are
not required if the stream to be heat does not undergo a phase change. Therefore, higher COPh values
were obtained for the reverse Brayton cycle based heat pump configurations when considering the
sensible heat sink model setup. In this scenario, the difference in the maximum COPh was reduced
to about 2 % for 𝑇sink of 200∘C. Whereas, fora 𝑇sink of 150 and 250∘C, a higher COPh value was
obtained for the reverse Brayton cycle based heat pump configurations, using Δ𝑇sink of 100 and 150∘C
respectively. The increase in COPh was found to be around 7 % and 11 % for the two temperature
levels, respectively. Thus, for the cases involving a high-temperature heat source and high-temperature
lift at the sink side (Δ𝑇sink > 100∘C), the CO2 reverse Brayton cycle based heat pump can provide
higher thermodynamic performance as compared to theH2O reverse Rankine cycle based heat pump.
Under this sensible sink scenario, improvements in COPh values were also found when using air as
the working fluid. However, the increase was smaller than the one observed for CO2. This is because
of the inherent characteristics of the working fluid. For the case of air, by decreasing the compressor
outlet temperature, the magnitude of the decrease in the available sink capacity dominates with respect
to the decrease in the compressor work. Therefore, the COP increase is lower.

The two heat pumps concepts imply also different component design requirements. As the value of 𝑇sink
increases, the increase in the required pressure ratio for the H2O reverse Rankine cycle based heat
pump is higher than that for the reverse Rankine cycle based system. Therefore, for a H2O reverse
Rankine cycle based heat pump system, at high-temperature lift values, more compression stages
would be needed to maintain the peripheral speed with the acceptable limits. For the case of the CO2
reverse Brayton cycle based heat pump, competitive COPh values are only obtained at high operating
pressure values (> 60 bar). Such high-pressure values impose additional constraints on themechanical
design of the individual components. For example, thicker walls need to be considered to contain the
high-pressure working fluid. However, high operating pressures can also bring some advantages. For
example, a higher value of velocity can be considered in the heat exchangers because, at high-pressure
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values, the acceptable limits for the pressure drop become higher for the case of CO2 [44].

7.2. Process Integration
In the initial thermodynamic cycle analysis, no superheating was considered for the reverse Rankine
cycle systems. However, when performing the conceptual design of the compressors for case study
1, a certain degree of superheating (11∘C) was found as necessary to prevent the condensation of
the vapour at the inlet for the impeller. As a result of this additional superheating, the value of COPh
decreased to a value lower than that calculated for the reverse Brayton cycle system. This indicates
that the best configuration for a high-temperature heat pump system is process-dependent, and the
process parameters must be included in the model to make an accurate comparison. For both case
studies 2 and 3, higher COPh values were obtained for the reverse Rankine cycle based heat pump.
However, the required pressure ratio for the H2O heat pump was very high compared to that of CO2
reverse Brayton cycle systems, to the point that the design of the two compressors becomes infeasible
(considering a twin stage arrangement for both the compressors). Therefore, despite the high COPh,
the reverse Rankine cycle based heat pump does not arguably represent a valid technological option
for processes requiring a combination of low source temperatures, i.e., less than 70∘C and 𝑇sink higher
than 200∘C.

In both the selected case studies the stream being heated undergo a large temperature increase. In
such a scenario, the reverse Brayton cycle based system always guarantees in the heat exchanger
representing the thermal sink of the heat pump a better match between the temperature profiles of
the working fluid and the process stream. On the contrary, in the case of the reverse Rankine cycle
based heat pump, the temperature-heat diagrams for case 2 and case 3 show that the heat transfer
between the process stream and steam occurs under a large temperature difference, which entail
higher thermodynamic losses and a lower overall thermodynamic performance. Reverse Rankine cycle
based systems would achieve a better thermodynamic performance in those processes involving steam
generation. Therefore, both the reverse Brayton and the reverse Rankine cycles are valid options to
supply the thermal energy requested by different industrial sectors, depending on the specific process
type. The temperature-heat diagrams obtained for the reverse Brayton cycle based heat pump also
showed that the heat transfer between CO2 and the process streams representing either the source or
sink of the heat pump is still affected by significant differences in the thermal capacities of the involved
fluids (in both cases 1 and 2) though, the temperature differences between the process streams and
CO2 are definitively smaller than in the reverse Rankine cycle based heat pump. This is because the
process data used for the case studies have been optimized considering only the process requirements.
Thus, to increase the overall effectiveness of the heat pump integration, the process parameters also
need to be reevaluated, as they are based on conventional design practice where the energy supply is
provided by the combustion of fossil fuels. The minimum required pinch point temperature difference
is an example of such a process parameter.

The feasibility of the electric motors was also qualitatively assessed for the cases where the preliminary
design of the compressors was performed . For both the low (1 MW) and high (50 MW) thermal capacity
heat pumps, the motor characteristics required for the H2O compressors were found to be unconven-
tional except for compressor 1 of the reverse Rankine cycle based 1 MW heat pump. Nevertheless,
given the recent ongoing developments in the design of high-speed and high-power electric motors
[112] and considering the required combination of nominal power/rotational speed existing machines,
the electric motors are not expected to be a hard limitation for the feasibility of steam high-temperature
heat pumps. However, they require technological developments. A similar consideration applies to
the CO2 compressor of the 1MW heat pump, especially if the turbine and compressor are mounted
on the same shaft, a solution which lowers the required power of the electric motor making its design
requirements similar to those of commercially available machines. For the case of the large capacity
heat pump, the required motor characteristics were found to be similar to the machines typically found
in oil and gas industries. Therefore, the electrical motor design is not limiting for CO2 reverse Brayton
cycle based system for large capacities.
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7.3. Uncertainties in Turbomachinery Design
The preliminary design of the turbomachines of all the case studies was performed using amethodology
based on scaling analysis. As mentioned earlier, the program used in this work was TurboSim, a tool
developed by the propulsion and power group for the preliminary design of radial machines which
has been verified and validated against experimental data. However, given the type of applications
considered in this project, it is possible to identify three primary sources of uncertainties associated
with the preliminary design of compressors.

The first source of uncertainty concerns the semi-empirical models used to predict the losses and the
stall/surge limits. The validation of the code has been performed against a very different application with
smaller pressure ratios and smaller capacities (around 50-100 kW). As a result, the selected parameters
of the different correlations may be inaccurate for the current case. A suitable test case, representative
of the conditions simulated in this project, needs to be selected to quantify this uncertainty.

The second source of uncertainty is related to the simplifications in the compressor model adopted to
reduce the computational cost of the design optimization. In the “optimization” mode, only the design
speed line is considered to estimate the operating range of the compressor.

The final source of uncertainty is related to working fluid modeling. The program uses the thermody-
namic library developed by NIST to estimate the thermodynamic properties of the working fluid, as also
the system models of the heat pump. The working fluid properties obtained using this program are
intrinsically affected by uncertainties as the equation of state of a fluid always entails a certain level of
approximation. Nevertheless, the equations of state for CO2 and especially H2O implemented in the
thermodynamic library are characterized by a high level of accuracy as they represent the industrial
standard for these fluids.

For the preliminary design of the turbine, similar considerations do apply. An additional source of
uncertainty in this case concerns the design of the diffuser. In the current project, the values chosen
for the design parameters of the diffuser were selected based on general guidelines presented in the
literature for minimizing the losses in supercriticalCO2 diffusers [116][117]. Commonly the design of the
diffuser strongly depends on space limitations specific of the application. Nevertheless, the obtained
geometry does not differ significantly from other designs reported in the literature for similar conditions
[114][115]. Regarding turbine design optimization, only the duty coefficients were optimized, which
implies that the explored design space is limited. Therefore, the geometry obtained in this project
represents only an initial estimate for the optimal design of the diffuser.
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Conclusions and Recommendations

8.1. Conclusions
This thesis focused on investigating the thermodynamic performance and feasibility of high-temperature
heat pump systems based on the reverse Rankine cycle and the reverse Brayton cycle. Several dif-
ferent configurations were selected for both the reverse Rankine cycle and the Brayton cycle based
systems based on previous works in the literature. The effect of individual design parameters on the
heat pump thermodynamic characteristics was analyzed for each of the selected configurations. Once
the optimal heat pump configuration for both heat pump concepts was obtained, three case studies
were conducted to analyze the practical implications of the integration of the two technologies in in-
dustrial processes and the design specifications of turbomachinery components of such heat pump
systems. These selected case studies represent exemplary industrial applications identified from the
literature which, however, are representative of the expected market for high-temperature heat pumps.

The conclusions obtained for each of the research questions, based on the performed investigations,
are given as follows:

“What are the effects of the cycle parameters and working fluid choice on the thermody-
namic performance of reverseBrayton cycle and reverseRankine cycle basedhigh-temperature
heat pump systems, for a given temperature lift/industrial process?”

To answer this question, a steady-state 0D modeling approach was followed. Three different values of
temperature lifts were considered 50∘, 100∘, and 150∘C, with a fixed source temperature of 100∘C. For
reverse Rankine cycle based configurations (usingH2O), the pressure ratio split between the two com-
pression stages (for two-stage configurations) was identified as the only design parameter. The optimal
value of this parameter was found to be in the range of 1 to 1.3, depending on specific configuration
and temperature lift value. Two-stage heat pump configuration using a saturator was found to have
the highest thermodynamic performance at all temperature lift values. For all the reverse Brayton cycle
based heat pump configurations, when usingCO2 as the working fluid, maximumCOPh was found only
near the critical region of the state diagram. Within reverse Brayton cycle based heat pump systems, a
single-stage heat pump configuration with a recuperator was found to have the highest thermodynamic
performance at all temperature lift values, except for the lowest temperature lift value. Because at
low temperature lift values, the maximum temperature drop in the sink heat exchanger is limited by the
minimum temperature required for feasible recuperation. High values of minimum pressure in the cycle
(> 60 bar) and high values of temperature drop in the sink heat exchanger (> 100 ∘C) were found to
be required conditions for the reverse Brayton cycle based heat pump to have COPh similar or higher
than the reverse Rankine cycle based heat pump. When using air as a working fluid, the COPh values
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obtained were lower than the CO2, with relative differences in maximum COPh ranging from 27 % to
48 %, depending on the temperature lift value.

“What are the technological challenges associated with the development of reverse Rankine
cycle and reverse Brayton cycle based heat pumps and with their integration in an actual
industrial process?”

To obtain the preliminary design of the turbomachinery components required for the different heat pump
systems, a design method based on scaling law was used, where semi-empirical models were used
for the estimation of loss and operating range of the machines. Concerning the design of the steam
compressors, it was concluded that for the values of backsweep angle, maximum peripheral speed,
and rotational speed are the critical constraints limiting the feasible design range. For the case of CO2
compressors, due to the lower speed of sound of this fluid with respect to steam, the limit on the maxi-
mum peripheral speed was not found to be critical. With respect to the optimization routine, due to the
non linearity of the design problem and the number of design variables (16 for a twin-stage configura-
tion), the evolutionary algorithm (NSGA-II) was selected for the compressor design optimizations. In
contrast, a gradient-based algorithm (Nelder−Meadmethod) was found to be sufficient for the turbine
design optimization since only duty coefficients were optimized.

For all the case studies, both the reverse Brayton cycle and Rankine cycle based heat pump showed
comparable values for COPh. For cases 2 and 3, that refer to specific industrial applications, the COPh
value was found to be higher for the reverse Rankine cycle based heat pump. However, due to the low
temperature of the available waste thermal energy source, the required pressure ratio for the reverse
Rankine cycle became very high (>200). Thus, for case 2, the reverse Rankine cycle based heat pump
was concluded to be infeasible, whereas for case 3, a feasible solution was possible after making some
assumptions about the thermal capacity of the waste heat stream (required pressure ratio of 68.4). In
terms of component design, for the low capacity heat pump (case 1, 1 MW), feasible turbomachinery
designs were obtained for both heat pump concepts, but the design requirements of the electric motor
too demanding with respect to what is achieved by electric machines presently commercially available.
For the large thermal capacity case (case 3, 50 MW), the required speed and power of the electric
motor of the CO2 heat pump fell in the typical range of characteristics of machines for the oil and gas
industry. The results obtained from the performed case studies indicate that the process heating supply
up to 250 ∘C, with a capacity less than 10 MW, is technically feasible, based on existing technologies
and ongoing research developments. Therefore, this demonstrates the high potential for these heat
pump systems to cover large proportions of process heating demands.

The comparison between the reverse Rankine cycle and the Brayton cycle based heat pump, revealed
that both solutions are promising technologies for decarbonizing the industrial process heating supply.
Nevertheless, the best solution is case dependent. The reverse Brayton cycle based heat pump offers
a relatively simpler construction complexity due to the single-stage configuration and is suitable for
high-temperature requirements (>200 ∘C). However, its COPh value was found to be smaller than that
of the reverse Rankine cycle based heat pump (except for Case 1). On the other hand, despite the
higher COPh value, the reverse Rankine cycle based heat pump was found to be infeasible where the
available source temperatures are low (< 70∘C) and the required condensation temperatures are higher
than 200 ∘C, as in Case 2 and 3.

8.2. Recommendations
With respect to future research, two main directions have been identified: the first is related to the
modeling methodology, including the turbomachinery design methods, while the second is related to
the additional aspects to be investigated to demonstrate further the potential of heat pump systems
in the decarbonization of industrial process heating supply. The following subsections provide details
about both research directions in the form of research actions.
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8.2.1. Modeling Methodology

• Pinch point temperature difference: A constant value of pinch point temperature difference
was used for all the different heat exchangers, independently of the operating conditions and
the working fluid. This assumption may be inadequate. For example, a smaller temperature
difference is usually considered when one of the streams of the heat exchanger has a constant
temperature with respect to the case where both the stream undergo a temperature variation, for
an approximately equal mean temperature difference.

• Validation case for TurboSim: The validation tests performed for TurboSim considered a very
different application (much smaller capacity and temperature levels). As a result, some of the
parameters used in the different semi-empirical models might not be valid for the applications
considered in this project. Performing a validation test using an application similar to the ones
considered in this project will be beneficial in quantifying the uncertainties associated with the
obtained design solutions.

• Turbine design optimization: In the preliminary design of the turbine (for reverse Brayton cy-
cle based system), only non-dimensional duty coefficients were optimized. This limits the ex-
tent of the design space explored, as the non-dimensional geometric parameters also affect the
performance. Therefore, by including these additional design parameters (non-dimensional ge-
ometrical parameters) as optimization variables, an expanded design space can be explored,
leading to better-performing designs. However, such an optimization would also have a higher
computational cost.

• Turbine operating maps: Only design point performance was considered while optimizing the
turbine design, as the operating map feature was not available in TurboSim and the development
of such a routine was outside the scope of the project. Nevertheless, implementing a turbine map
estimation routine is recommended to gain further insight into the feasible operation range of the
heat pump system. This is crucial especially if the coupling of compressor and turbine on the
same shaft is considered.

• Electric motor consideration: The feasibility of the electric motor required to drive the compres-
sors was investigated by comparing the required power and speed of the electric motor with those
of commercially available machines. However, the data found was based on studies conducted
in 2015/2016. Therefore, to get a better understanding of the design feasibility of the electrical
machines, a model-based design approach can be used. The level of complexity of the model
can be tailored per the requirements, but such an approach can provide helpful insights into the
type of limitations encountered and possible ways to address them.

8.2.2. Demonstrating Heat Pump Potential

• Heat pump inclusive process optimization: The data used for the case studies was derived
from the available process information, and thus, the different process parameters, such as mini-
mum approach temperatures, have been defined based on conventional combustion-based sys-
tems. For this reason, the heat pump estimated potential would be lower, as the data represents
a system layout that is optimized without considering any heat pump system. Therefore, a re-
evaluation of process parameters and system layout optimization are recommended to get a more
representative value of the industrial potential of the heat pump systems.

• Use of Mixtures for reverse Rankine cycle based systems: The reverse Rankine cycle based
system configuration (two-stagewith saturator) showed higher performance but very high-pressure
ratio requirements especially if the waste heat stream features low temperatures. To further en-
hance the performance potential of reverse Rankine cycle based systems, a working fluid com-
prising a mixture of different compounds can be considered. Such a mixture can help increasing
the evaporation pressure for low-temperature thermal sources and the composition can be tai-
lored to better match the temperature profiles in the heat exchangers.
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• Other possible configurations: The set of configurations selected for the two cycle types in
this project only represents a subset of different possible configurations for a potential heat pump
system. Therefore, for a specific application, other process-specific configurations may be worth
of investigation.

• Economic considerations: All the analyses conducted in this project were limited to the eval-
uation of the thermodynamic performance of the different heat pump systems for different op-
erating conditions. However, such an analysis is insufficient to demonstrate the potential of the
technology among the manufacturers and the industrial users. A preliminary investigation of the
economic competitiveness of these systems is thus recommended.
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Additional Literature Data

Table A.1: Material properties of Gadolinium (Gd), derived from [56]

Parameter Value Units
External electronic configuration 4𝑓7 5𝑑1 6𝑠2
Quantum number of spins (𝑁𝑆) 3.5
Quantum orbital number (𝐽𝑂) 0
Quantum number of the total angular momentum (𝐽𝐴) 3.5
Landè factor (𝑔) 2
Mass (𝑚) 1 kg
Molar mass (𝑀) 157.25 g/mol
Number of moles (𝑛) 6.36 mol
Avogadro number (𝑁𝐴) 6.02 X 1023
Number of atoms in 1kg of Gadolinium (𝑁𝑔) 3.83 X 1024 atoms/kg
Bohr magneton (𝜇𝐵) 9.27 X 10-24 J/T
Boltzmann constant (𝑘) 1.38 X 10-23 J/K
Curie constant (𝐶) 501.23 JK/𝑇2
Curie Temperature (𝑇𝐶) 294.4 K
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B
Additional System Modeling Data

The following subsections describe the details of modeling of individual components required to
obtain the system model of HP based on the reverse Rankine cycle and reverse Brayton cycle.

B.1. Thermal Source/Sink
The thermal source and thermal sink are modeled as only one fluid heat exchanger. At this stage
no additional information about the source and sink streams is available. As a result, adopting
this modeling choice allows one to compute the available heating and cooling capacities, without
any additional information about the corresponding streams.

The relevant phenomenon thus for this case only becomes the mass, momentum, and energy
conservation. It is assumed that the component is thermally insulated, thus component can be
modeled as an adiabatic system. In reality, there will be some thermal energy exchange with the
environment in the form of heat loss. However, at this stage of modeling, this assumption can
be considered valid as no information is available about the geometry of the heat exchangers.
Further, the assumption does not hinder the primary objective of the system model, as it still
allows for consistent performance comparison among the different HP configurations.

Thus, using the simplifications, the corresponding required equations are shown as follows,
where 𝑃 represent pressure, 𝑄̇ represents the amount of thermal power available and ℎ repre-
sents specific enthalpy [J/kg]. The stations “nodein” and “nodeout” represent the inlet and the
outlet connecting node of the components as also depicted in Figure B.1.

For this stage of modeling, both Δ𝑃source and Δ𝑃sink were considered zero, representing an ideal
situation where no pressure losses are encountered. This was done as no information about
the actual component design specifications was available at this stage of modeling.

Heat Source Heat Sink (B.1)

𝑚̇nodein = 𝑚̇nodeout 𝑚̇nodein = 𝑚̇nodeout (B.2)

𝑃nodeout = 𝑃nodein − Δ𝑃source 𝑃nodeout = 𝑃nodein − Δ𝑃sink (B.3)

𝑄̇source = 𝑚̇nodein ⋅ (ℎnodeout − ℎnodein) 𝑄̇sink = 𝑚̇nodein ⋅ (ℎnodein − ℎnodeout) (B.4)
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Figure B.1: Schematic of heat source and heat sink component model, indicating the inlet and outlet connecting nodes

B.2. Compressor Modeling
To develop the 0D compressor model, several assumptions aremade to allow themodeling at this stage
where no specific information about compressor type is available. It is assumed that the compressor
is perfectly thermally insulated. This implies that the system can be considered adiabatic and no heat
leakage losses are present. Further, it is also assumed that isentropic efficiency (𝜂is, comp) can be
considered a constant irrespective of the pressure ratio (𝜋). In reality, 𝜂is, comp is a function of the
operating 𝜋 and is dependent on the compressor design, however, for the current model purpose,
no specific information about compressor design, assuming a constant 𝜂is, comp allows a consistent
comparison among different HP configurations.

Using the above-mentioned assumptions, the required conservation equations for the compressor can
be derived. Similar to the case of heat sink and source, the compressor component also has two
fluid nodes (inlet and outlet), as shown in Figure B.2. In terms of mass conservation, the equation is
trivial i.e. inlet mass flow rate is equal to the outlet mass flow rate. In terms of momentum and energy
conservation, firstly the outlet state of the compressor needs to be defined. Using the assumption of
𝜂is, comp, the outlet state can be written in terms of isentropic outlet state (state achieved using isentropic
conditions 𝑠nodein = 𝑠nodeout ), as shown in Equation (B.5). In Equation (B.5), subscript “is” represents
the isentropic state and the symbol “𝑠” represents the specific entropy [J/kg K] of the particular state.

Figure B.2: Schematic of compressor
model, indicating mechanical and fluid

connectors.

ℎnodeout = ℎnodein +
(ℎnodeout, is − ℎnodein)

𝜂is, comp
,

ℎnodeout, is = f (𝑃nodeout , 𝑠nodein) ,
𝑠nodein = f (𝑃nodein , 𝑇nodein)

(B.5)

Using, this outlet state, the required compressor power can also be implemented, as shown in Equa-
tion (B.6), where 𝜂m, comp represents the mechanical efficiency of the connecting shafts and thus depicts
the mechanical losses associated with power transmission.

𝑊comp =
𝑚̇nodein (ℎnodeout − ℎnodein)

𝜂m, comp
(B.6)

Thus, once the inlet state is given and the outlet pressure or temperature is specified, the outlet state
can be fully computed. Alternatively, if the compressor power is given along with one of the inlet or
outlet states, the other remaining state can be fully defined.

Further, as can be observed, in addition to the fluid connectors, two additional connectors have also
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been implemented in the compressor model (shown in green color). These additional connectors rep-
resent the mechanical connectors (called ”shaft”) and allow for the compressor to be connected to an
external power source (for example motor). An additional energy balance equation is included for these
connectors to have a completely defined system. This equation is shown in Equation (B.7), where 𝜔
and 𝑀 represents the rotational speed and moment respectively.

(𝑀shaftin ⋅ 𝜔shaftin) − (𝜔shaftout ⋅ 𝑀shaftout) = 𝑊comp (B.7)

B.3. Turbine Modeling
For the reverse Brayton cycle-based HP configurations, the turbine is used as the expansion device.
Thus, a representative model of the turbine is also required. The 0D modeling approach for the turbine
is very similar to the one presented for the compressor in Appendix B.2. The underlying assumptions
and simplifications are the same, except in this case the efficiency values are different. For the case
of the turbine, the isentropic efficiency and the mechanical efficiency values are thus represented by
𝜂is, turb and 𝜂m, turb respectively.

The mass conservation equation remains the same as that of compressor. However, the outlet state
equation needs to be modified as the underlying phenomenon is an expansion in this case, instead of
compression. The modified equations for the outlet state and the model schematic for the turbine are
shown in Equation (B.8) and Figure B.3.

Figure B.3: Schematic of turbine
model, indicating mechanical and fluid

connectors.

ℎnodeout = ℎnodein − 𝜂is, turb ⋅ (ℎnodein−ℎnodeout, is ) ,
ℎnodeout, is = f (𝑃nodeout , 𝑠nodein) ,
𝑠nodein = f (𝑃nodein , 𝑇nodein)

(B.8)

Similar to the case of the compressor, once the inlet state is given and one of the outlet state quantities
(P or T) is known, the complete outlet state and power achievable can be computed. Alternatively, for
a given power and one state, the other state can be fully derived.

For this case, the achievable work can be computed as shown in Equation (B.9). For the turbine
model, there are additional shaft connectors are also present, as was the case for the compressor
model. Thus, the corresponding shaft power balance equation is the same for the turbine as the one
shown in Equation (B.7).

𝑊turb =
𝑚̇nodein (ℎnodein − ℎnodeout)

𝜂m, turb
(B.9)

B.4. Expansion Valve Modeling
For the heat pump systems based on the reverse Rankine cycle, an expansion valve is used as the
expansion device instead of a turbine. For the modeling of the expansion valve, the assumption of
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a perfectly insulated component is also made, making the system adiabatic. The expansion valve is
usually modeled as a “isenthalpic” device. This implies that the specific enthalpy of the fluid remains
constant as it passes through the valve.

Using these assumptions and simplifications, the corresponding conservation equations for the valve
can be written as shown in the following equations. Equation (B.10) , Equation (B.11) and Equa-
tion (B.12) represent the mass, energy and momentum conservation respectively. In Equation (B.12)
Δ𝑃valve represents the pressure loss due to the friction in the valve. Since no valve-specific information
is available at this point, this factor is assumed to be zero, thus representing the ideal situation.

𝑚̇nodein = 𝑚̇nodeout (B.10)

ℎnodein = ℎnodeout (B.11)

𝑃nodeout = 𝑃nodein − Δ𝑃valve (B.12)

B.5. Internal Heat Exchanger Modeling
The 0D modeling of IHX is different than the earlier mentioned models for heat source and sink. The
main difference lies in terms of the fluid arrangement. For the case of IHX, two fluids have to be con-
sidered and both the fluid would be the same refrigerant (but with different flow rates and state values)
as it is an internal heat exchanger. Thus, for the case of IHX four fluid connectors were implemented
(two per fluid stream), as shown in Figure B.4.

Figure B.4: Schematic of internal heat exchanger model, indicating the inlet and outlet connecting nodes for both hot and cold
streams (1 and 2 respectively)

In terms of the relevant phenomenon and the simplifications, a similar approach is taken for the heat
source and heat sink models. However, in this case, the conservation equations need to be written for
both the fluid streams. Thus, the corresponding mass conservation can be represented as shown in
Equation (B.13), where subscripts 1 and 2 represent the hot and cold fluid streams respectively.

𝑚̇node1, in = 𝑚̇node1, out

𝑚̇node2, in = 𝑚̇node2, out

(B.13)

Similarly, the energy balance, in this case, required two different equations, as shown in Equation (B.14).

𝑄̇IHX = 𝑚̇node1, in ⋅ (ℎnode1, in − ℎnode1, out)

𝑄̇IHX = 𝑚̇node2, in ⋅ (ℎnode2, out − ℎnode2, in)
(B.14)
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Finally, in terms of momentum balance, the conservation equations are computed as shown in Equa-
tion (B.15), where Δ𝑃1 and Δ𝑃2 represent the pressure losses in the hot and cold streams respectively.

𝑃node1, out = 𝑃node1, in − Δ𝑃1

𝑃node2, out = 𝑃node2, in − Δ𝑃2
(B.15)

B.6. Flash tank
This component is used to separate the liquid fraction of the stream. Therefore, it is also known as
a vapor-liquid separator. There are two outputs from this component, one is saturated vapor and the
other is a saturated liquid stream. Thus, the energy balance for this component can be written as shown
in Equation (B.16), where ℎsat, v and ℎsat, l represent the specific enthalpy of the saturated vapor and
liquid respectively, at the inlet pressure conditions.

ℎnode1, out = ℎsat, v ,

ℎnode2, out = ℎsat, l ,

(𝑚̇nodein ⋅ ℎnodein) = (𝑚̇node2, out ⋅ ℎnode2, out) + (𝑚̇node1, out ⋅ ℎnode1, out)

(B.16)

The mass balance for this component can be written as shown in Equation (B.17), since there is no
accumulation, the inlet mass flow rate is equal to the sum of the two outlet nodes‘ mass flow rate.

𝑚̇nodein = 𝑚̇node1, out + 𝑚̇node2, out (B.17)

It was assumed that no pressure losses are present within the component, therefore the momentum
balance is trivial and can be written as shown in Equation (B.18).

𝑃node1, out = 𝑃nodein
𝑃node2, out = 𝑃nodein

(B.18)

B.7. System Verification Tests
Table B.1: Summary of additional system verification tests performed

Test Description Quantification Result

Overall energy balance (𝑄̇sink = 𝑄̇source +𝑊comp) O(10−11) Pass
Increasing 𝜂is, c leads to a linear increase in COPh R2

avg = 0.998 Pass
Increasing 𝜂is, t leads to a linear increase in COPh R2

avg = 0.996 Pass
Increasing 𝑚̇ leads to a linear increase in 𝑄̇source/sink R2

avg = 1.0 Pass
Increasing 𝑚̇ leads to a constant COPh Machine Precision Pass
Decreasing Δ𝑇min leads to a linear increase in 𝑄̇source/sink R2

avg = 1.0 Pass
Decreasing Δ𝑇min leads to an increase in COPh Linear, R2

avg = 0.99 Pass





C
Additional Thermodynamic Cycle

Data

Two Stage with Intercooling - using Air

Figure C.1: Variation of COPh with 𝑃frac at different 𝑃low
values (with 𝛽total = 4) for the two-stage configuration with
intercooling, using Air as working fluid (under baseline

case).

Figure C.2: 𝑇𝑠 diagram showing the effect of 𝑃frac (with
𝑃low = 10 bar and 𝛽total = 4) on the two-stage

configuration with intercooling, using Air as working fluid
(under baseline case).

Figure C.3: 𝑇𝑠 diagram showing the effect of 𝛽total (with
𝑃low 20 bar and 𝑃frac = 1) on the two-stage configuration

with intercooling, using Air as working fluid (under
baseline case).

Figure C.4: 𝑇𝑠 diagram showing the effect of 𝑃low (with
𝛽total = 4 and 𝑃frac = 1) on the two-stage configuration
with intercooling, using Air as working fluid (under

baseline case).
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Figure C.5: Variation of 𝛽total with 𝑃low at different values
of 𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage

configuration with intercooling, using Air as working fluid
(under sensible heat sink scenario).

Figure C.6: Variation of COPh with Δ𝑇sink at different
values of 𝑇sink(with 𝑃low = 80 bar) for the two-stage

configuration with intercooling, using Air as working fluid
(under sensible heat sink scenario).

Figure C.7: Variation of 𝛽total with Δ𝑇sink at different
values of 𝑇sink(with 𝑃low = 80 bar) for the two-stage

configuration with intercooling, using Air as working fluid
(under sensible heat sink scenario).

Figure C.8: 𝑇𝑠 diagram showing the effect of 𝑃low (with
𝑇sink = 200 ∘C and Δ𝑇sink = 100 ∘C) on the two-stage

configuration with intercooling, using Air as working fluid
(under sensible heat sink scenario).

Figure C.9: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (with 𝑇sink = 200 ∘C and 𝑃low = 80 bar) on the two-stage
configuration with intercooling, using Air as working fluid (under sensible heat sink scenario).
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Two Stage with Internal Recuperation and Intercooling - using
Air

Figure C.10: Variation of COPh with 𝑃frac at different 𝑃low
values (with 𝛽total = 4) for the two-stage configuration with

internal recuperation and intercooling, using Air as
working fluid (under baseline case).

Figure C.11: 𝑇𝑠 diagram showing the effect of 𝑃frac (with
𝑃low = 10 bar and 𝛽total = 4) on the two-stage

configuration with internal recuperation and intercooling,
using Air as working fluid (under baseline case).

Figure C.12: Variation of COPh with 𝛽total at different 𝑃low
values (with 𝑃frac = 1.3) for the two-stage configuration
with internal recuperation and intercooling, using Air as

working fluid (under baseline case).

Figure C.13: 𝑇𝑠 diagram showing the effect of 𝛽total (with
𝑃low 20 bar and 𝑃frac = 1.3) on the two-stage configuration
with internal recuperation and intercooling, using Air as

working fluid (under baseline case).

Figure C.14: 𝑇𝑠 diagram showing the effect of 𝑃low (with
𝛽total = 4 and 𝑃frac = 1.3) on two-stage configuration with

internal recuperation and intercooling, using Air as
working fluid (under baseline case).

Figure C.15: Variation of COPh with 𝑃low at different
values of 𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat

pump configuration with internal recuperation and
intercooling, using Air as working fluid (under sensible

heat sink scenario).
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Figure C.16: Variation of 𝛽total with 𝑃low at different
values of 𝑇sink(with Δ𝑇sink = 50 ∘C) for the two-stage heat

pump configuration with internal recuperation and
intercooling, using Air as working fluid (under sensible

heat sink scenario).

Figure C.17: Variation of COPh with Δ𝑇sink at different
values of 𝑇sink(with 𝑃low = 80 bar) for the two-stage heat

pump configuration with internal recuperation and
intercooling, using Air as working fluid (under sensible

heat sink scenario).

Figure C.18: Variation of 𝛽total with Δ𝑇sink at different
values of 𝑇sink(with 𝑃low = 80 bar) for the two-stage heat

pump configuration with internal recuperation and
intercooling, using Air as working fluid (under sensible

heat sink scenario).

Figure C.19: 𝑇𝑠 diagram showing the effect of 𝑃low (with
𝑇sink = 200 ∘C and Δ𝑇sink = 50 ∘C) on the two-stage heat

pump configuration with internal recuperation and
intercooling, using Air as working fluid (under sensible

heat sink scenario).

Figure C.20: 𝑇𝑠 diagram showing the effect of Δ𝑇sink (with 𝑇sink = 250 ∘C and 𝑃low = 80 bar) on the two-stage heat
pump configuration with internal recuperation and intercooling, using Air as working fluid (under sensible heat sink

scenario).
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Additional Turbomachinery Design Data

D.1. Compressor

Manual Design Exploration

Figure D.1: Manual design exploration for compressor 1 design, based on reverse Rankine cycle based configuration, under
Case 1 conditions.
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Figure D.2: Manual design exploration for compressor 2 design, based on reverse Rankine cycle based configuration, under
Case 1 conditions.

Algorithm Selection

Table D.1: Combined overview of the required characteristics and possible solutions for Optimizer

Characterstic Compressor Design Optimization Case Possible Promising Solutions
Objective Function
Structure Multi-Objective Only multi-objective algorithms

Constraints Non-Linear Constraints
Only Constrained Optimization Algorithms
(SQP, Newton, GA, PSO, EA, NM,
interior-point etc.)

Model Structure Non-Linear Non-Linear Programming Algorithms

Nature of Design Space Unknown
Robust Stochastic Algorithms would be
preferred (GA, EA, Surrogate Based) or a robust
Pattern search

Optimum Nature Global Optimum
EA, GA, Hybrid Strategy, Dividing
Rectangles Method, Global Pattern Search (PSO)

Use of Gradient Information No Gradient information
Available

Only gradient-free Global Methods
(EA, GA, Pattern Search, Dividing Rectangles)

Use of Model Direct Preferred
(for better accuracy)

For Direct : Not a constraining factor
For Model Based : Kriging or Support Vector
Machine Model with Adaptive infill strategy
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Optimization Convergence Plots

Figure D.3: Constraint convergence trends obtained for
compressor 1 design, based on reverse Rankine cycle based

configuration, under Case 1 conditions.
Figure D.4: Constraint convergence trends obtained for

compressor 2 design, based on reverse Rankine cycle based
configuration, under Case 1 conditions.

Figure D.5: Constraint convergence trends obtained for
compressor design, based on reverse Brayton cycle based

configuration, under Case 1 conditions.

Figure D.6: Constraint convergence trends obtained for
compressor design, based on reverse Brayton cycle based

configuration, under Case 3 conditions.



142 D. Additional Turbomachinery Design Data

D.2. Turbine
Table D.2: Selected values of geometrical design parameters to obtain the optimized turbine designs of reverse Brayton

cycle-based configuration

Variable Case 1 (Fix RPM) Case 1 (Max Efficiency) Case 3
𝑅ℎ,𝑟/𝑅𝑡,𝑟 0.44 0.4 0.5
𝑅3/𝑅2 0.42 0.46 0.35
𝑅1/𝑅0 0.8 0.87 0.85
Radius Ratio Radial Gap 0.95 0.95 0.95
𝑉𝑚3/𝑉𝑚2 1.0 1.0 1.0
Diffuser Area Ratio 4 4 4
Cant Angle 4∘ 6∘ 4∘
Divergence Angle 5∘ 5∘ 5∘
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