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Summary
In the modern world, the need for Earth observation data is getting bigger and bigger. To fulfil the
demand of high resolution Earth surface images, the spacecraft mass and volume are high due to the
required large diameter of the primary mirror and long focal length of the telescope. The Deployable
Space Telescope (DST) project aims to reduce the mass and volume of the spacecraft in stowed con-
figuration, without reducing the performance of the telescope. In the design of the DST, the secondary
mirror has to deploy before operations. In previous work, it was decided to use articulated booms for
the deployment of the secondary mirror. This design was in a conceptual phase. In this thesis, the
secondary mirror support structure (SMSS) was designed in more detail.
It was decided to investigate a three boom, exactly constrained design. For this design, a trade-off for
the mid hinges was performed. Three concepts were considered: ball bearing hinges, integral slotted
hinges, and shape memory composite (SMC) hinges. The trade-off was partially based on a modal
analysis and the result was the selection of the integral slotted hinges. The working principle of these
hinges rely on the elastic deformation of the boom material and thus the hysteresis in the hinge is low.
Furthermore, since the hinge is part of the booms, this concept is a light weigth solution.
For the top and root hinges of the SMSS, four concepts were considered: Integral slotted hinges, large
deflection flexures, ball bearing hinges, and Compliant Rolling-contact Element (CORE) hinges. The
trade-off between the concepts resulted in the selection of the CORE hinge concept for both hinges.
This concept was designed in detail. Three design parameters were identified: the bending radius
of the strips, the total strip width, and the strip thickness. These parameters were optimised for the
applied load cases. A final detailed design was made for both hinges. The preload on the strips was
applied to the strips with a combination of bolt tension and belleville washers. This method of applying
the preload was selected from five different concepts.
The mirror interface concept was selected to be a hexapod structure. The length of the mirror mount
is made such, that the total system is athermal. This reduces the effect of bulk temperature change to
the system. This however does not reduce the effects of thermal gradients within the system.
In the results from the modal analyses it was observed that the spider tends to translate significantly
during vibrations. In order to minimise this motion, ribbons were introduced to the design. The ribbons
span between the primary mirror support structure (PMSS) and the SMSS. Since the ribbons attach
to the PMSS, the number of booms was again increased to four. In the three booms concept, the
ribbons would introduce a torsional load on the PMSS, which was deemed unwanted. The effect of
these ribbons were investigated using an harmonic analysis. The result was a significant reduction of
the amplitude of the secondary mirror motion. It was reduced from 25.4 micron to 0.73 micron, which
means that the system fulfils the optical stability requirements.
The overall mass of the sysemwas reduced from 12 to 7.8 kg compared to the previous design iteration.
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1
Introduction

Modern day life depends more and more on the availability of all sorts of data. One of these forms of
data is high resolution images of the Earth surface. These images can for example be used for the
investigation in deforestation, and the effects of natural disasters like forest fires, earthquakes, vulcanic
eruptions etc. Other examples are the monitoring of farmlands or the monitoring of potential military
interesting areas. The images are currently provided by large spacecraft like WorldView 4, which has
a ground sampling distance of around 30 cm [14]. These large spacecraft have a monolithic primary
mirror and a rigid, non-deployable structure. Due to launcher volume and mass limitations, the size
of the primary mirror is limited, and with that the possible resolution of the images. Furthermore, the
launch cost of these satellites is high. Currently, the Delft University of Technology is working on a
deployable space telescope, in which the primary mirror is segmented. These segments are stored
next to the spacecraft body during launch, which saves volume. The secondary mirror of the telescope
is mounted on a deployable structure, again decreasing the volume of the telescope in stowed config-
uration.

This thesis describes the detailed design of the deployable secondary mirror support structure
(SMSS). The thesis will continue the work performed by J.W. Lopes Barreto for his MSc. thesis. The
focus in the thesis will be on the concept selection and detailed design of the hinges of the articulated
boom system. During the design process, several analyses will be performed to check the effect of
design parameters on the system behaviour.

The thesis is split into three parts. In the first part, the SMSS subsystem definition is presented. In
this part, Chapter 2 will give the introduction to the DST project. In this chapter, the research objective
and question of this thesis will also be given. In the following chapter, the requirements for the sys-
tem will be discussed. These requirements form the base for the design, and the final design will be
checked on these requirements. In Chapter 4, the standard load cases the system will be subjected to
are given. These load cases form the basis on which the design will be made.
The thesis continues with the second part which discusses the design of the SMSS subsystem. In
Chapter 5, the top level system design of the mechanism will be discussed, followed by a chapter on
the conceptual design of the top and root hinges. These concepts form a baseline design used for the
mid hinge trade-off given in Chapter 7. During the mid hinge trade-off, it was observed that certain
design parameters might influence the stiffness of the system. These parameters are investigated in
Chapter 8. Based on the results in Chapter 8, a design iteration was performed. This iteration is given
in Chapter 9. In Chapter 10, the detailed design of the top and root hinges is given. The following chap-
ter the effect of introducing ribbons to the design is investigated by performing an harmonic analysis
on the concepts.
In the final part of the thesis, an overview of the final design is given, together with the conclusions
and recommendations. In Chapter 12, the final design is summarised, and the system performance is
checked with the requirements given in Chapter 3. Conclusions are drawn in Chapter 13, and recom-
mendations are given in Chapter 14.
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2
DST Project Overview

The thesis that is presented in this report was performed as part of the Deployable Space Telescope
(DST) project. The DST is a project of the Delft University of Technology. In this chapter, the overview
of the mission will be given, starting with the mission background, where the motivation of the project
will be explained. In the following section, the current design will be presented.

2.1. Mission Background
In the modern society of today, there is a constant need for up-to-date Earth observation data. There
are multiple satellites that take images of the Earth surface in the visible spectrum, both military and
commercial. A good example of a commercial Earth observing satellite is WorldView 2. This satellite
takes images with a ground sampling distance of 0.46 m panchromatic and 1.85 m multispectral from
an altitude of 770 km [15]. The next satellites in this family, the WorldView-3 and WorldView-4, have a
ground resolution of 0.31 m panchromatic and 1.24 m multispectral at an altitude of 617 km [13, 14].
The performance of the WordView satellites is good, however the spacecraft are expensive. The satel-
lites have both a high volume and mass. The WorldView-2 is 5.7 m tall and 2.5 m across in stowed
configuration, while having a mass of 2615 kg [15]. WorldView-3 has similar dimensions, but has a
mass of 2800 kg [13]. Both the high mass and large volume contribute significantly to the total cost of
the missions. This issue can be captured in a need statement:

There is a need to bring down both the mass and volume of Earth observation satellites without a
reduction in the resolution of the images.

The DST project aims to bring down both the stowed volume and mass of the telescope, without
lowering the optical performance of the system. This is realised by making both the primary and the
secondary mirror deployable. This decision was based on the observation that the large volume of the
telescope is only useful in the operational phase of the mission. During the launch and transportation
of the system, the volume does not have a specific purpose. The mission statement of the DST project
can be summarised in the following mission statement:

The Deployable Space Telescope mission shall produce images of the Earth surface with a reso-
lution comparable to the current state of the art (2017) while having a lower launch volume and mass
than the convential Earth observation satellites (2017).

2.2. Team Structure & System Overview
The DST team consists of a mix of master and PhD students working on their theses. The team is
supervised and managed by Hans Kuiper. The team is split in an optical and a mechanical subteam.
The two PhD students (Dennis Dolkens and Victor Villalba Corbacho) are each responsible for one of
the subteams. The team structure is given in Figure 2.1.
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6 2. DST Project Overview

Figure 2.1: The team structure of the DST project. The image was taken from the internal document DST engineering budget
document, and was made by G.P. van Marrewijk.

Before the previous design iterations are discussed, first an overview of the components within the
DST will be given. The overview is given in Figure 2.2. In this figure, the different mirrors can be seen,
together with a schematic representation of the structure supporting the mirrors.

Figure 2.2: Schematic overview of the subsystems present within the DST. Image was taken from the nternal document DST
engineering budget document, and was made by S. Pepper.

2.3. Previous Design Iterations
The first design of the DST was made by D. Dolkens in his MSc. Thesis. The first design had three
primary mirror segments with the second mirror deployed using an articulated boom system. An im-
pression of the first version of the DST is given in Figure 2.3 [16]. In a later design stage, it was decided
by D. Dolkens to use four instead of three primary mirror segments, based on the optical performance
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of the system. Furthermore, the deployment mechanisms of both the primary and secondary mirror
were investigated.

Figure 2.3: The first version of the DST as presented in the MSc. Thesis of D. Dolkens (2015)[16]

2.3.1. Optical Design
In the first conceptual design, Dolkens chose to use a full-field Korsch telescope design[16]. In a later
design iteration however, it was chosen to go for an annular field Korsch telescope design. In the Ko-
rsch telescope design, there are three mirrors.

The primary mirror of the telescope is divided into four segments that have to be deployed when in
space. The challenge in this design is to get the segments of the mirror properly aligned. Furthermore,
also the secondary mirror has to be extended when in space, increasing the risk of aberrations due
to alignment errors. A deformable mirror is included in the design. The design and modelling of this
deformable mirror was performed by G.P. van Marrewijk.

2.3.2. Primary Mirror Design
B. T. van Putten’s design iteration was finished in March 2017 [62]. This design will be shortly intro-
duced in this section.

The main support structure was formed by a frame in the shape of an A. This A-frame was con-
nected to the bus at two hinge points at the base of the A-frame, and a mid-hinged strut connecting the
instrument bus and the centre of the A-frame. This A-frame was made out of Carbon Fibre Reinforced
Polymers (CRFP) in Van Putten’s design iteration. The interface with the mirror was formed by whiffle
trees with two forms of flexures. Between the A-frame and the whiffles, actuated flexure were placed.
These made it possible to adjust the mirror in three degrees of freedom. An image of the actuated flex-
ure is given in Figure 2.4. In the centre, an eccentric nut on a shaft was used to move the middle flexure
up and down. Due to the motion of the middle flexure, the top flexure was actuated. The layout of the
flexure reduced the motion of the mid flexure, resulting in a lower amplitude of the top of the flexure
than that of the mid flexure. The flexure was actuated by a stepper motor having 500 steps in com-
bination with a harmonic drive having a reduction ratio of 50, resulting in 25000 steps per revolution [62].
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Figure 2.4: Actuated flexure design used to adjust the primary mirror segments in the DST. Image taken from [62]

Between the whiffle trees and the mirror, three small flexures were mounted per whiffle. These
flexures would keep the mirror in its position, while allowing for thermal expansion with reference to the
support structure. An overview of the different components of the support structure of a primary mirror
segment is given in Figure 2.5.

Figure 2.5: Overview of the support structure of a primary mirror segment. Image taken from [62]

The structure was supported by a mid-hinged rod. All three hinges had ball bearings to reduce
hysteresis. Furthermore, the middle hinge was a self locking hinge. Although the middle hinge was
the locking mechanism, the driving mechanism was located at the interface between the bus and the
A-frame. It consists of a stepper motor with a simple spur gear assembly. The deployment of a primary
mirror segment is given in Figure 2.6.

Figure 2.6: The deployment of a primary mirror segment of the DST. Image taken from [62].

2.3.3. Secondary Mirror Design
The design of the secondary mirror system is still in a conceptual phase. The first design iteration
was performed by Dolkens [16]. The first concept was based on the deployment mechanism of the
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secondary mirror of the International X-ray Observatory (IXO), and was made out of invar. Due to the
high density of invar, this concept was rather heavy. The mirror itself was made out of SiC, and cut in
the shape of the aperture to save weight.

The first concept of Dolkens was deemed too heavy and lacked sufficient level of detail. The second
iteration was performed by J. W. Lopes Barreto [42]. In his work, he made several trade-offs between
deployment mechanisms. From the first trade-off, it became clear that the two deployment mechanisms
best suited for this purpose were the articulated boom concept and the concept using shape memory
composite (SMC). These two concepts were investigated in more detail. There are several types of
SMC booms, and for his work, Lopes Barreto focussed on a Coilable Tubular Mast (CTM).

In the final trade-off, Lopes Barreto came to the conclusion that an articulated boom structure was
the best option for the deployment of the secondary mirror of the DST. The articulated booms needed
to be attached to the spacecraft bus and secondary mirror. It was chosen to attach the booms on the
outside of the spacecraft bus. When installed on the outside, the booms will not interfere with the light
path of the optical system. The attachment of the articulated booms to the bus is given in Figure 2.7.

Figure 2.7: Attachment points on the outside of the spacecraft bus with the articulated booms of the secondary mirror support
system. Image taken from [42].

The secondary mirror was connected to the booms with a structure referred to as the spider. The
spider was made such, that the blockage of light was kept to a minimum. This was especially important
at the interface between two mirror segments, since these areas will be used to calibrate the optical
system. An image of the interface between booms and mirrors is given in Figure 2.8.

Figure 2.8: Render of the interface between the articulated booms and the secondary mirror of the DST. Image taken from [42].
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2.4. Future Work
Up to this point, work was performed on the DST project by Dolkens, Van Putten, and Lopes Barreto.
However, the spacecraft design is not ready yet and there is still work to be done. In this section, some
of the work that still needs to be done is introduced.

2.4.1. Mission Budgets
Currently, there is not a clear overview of the budgets of the DST project. This is true for all the budgets
of the project, like cost and schedule, but also the mass, power, and volume budgets and the optical
alignment budgets need to be made and maintained throughout the project.

2.4.2. Primary Mirror Support Structure Design
As presented, the primary mirror support structure (PMSS) was already designed to a detailed level by
Van Putten during his work for his MSc. Thesis. However, there is still work to be done. It became clear
that the thermal effects on the support structure and mirrors are big, and effect the optical performance
of the system in a negative way. It was further observed that the selected self-locking mid hinge does
not work as expected. A redesign of this part is thus required. One of the conclusions of Van Putten
was that a baffle was required to keep the thermal deformations within the satellite within budget.
Furthermore, somemore in depthmechanical analysis could be performed on vibrations, since currently
a conservative approach was applied [62]. The driving mechanism of the structure is designed in
a conceptual manner, and this deployment mechanism of the primary mirror segments needs to be
investigated into more detail. The further development of the PMSS will be done by M. Corvers as part
of his MSc. Thesis. The fine actuation of the primary mirror segments will be part of the MSc. Thesis
of S. Pepper.

2.4.3. Secondary Mirror Support Structure Design
Currently, the design of the secondary mirror support structure (SMSS) is still in a conceptual phase.
The deployment technique is currently selected to be an articulated boom system, and the first vibration
and thermal analysis have been performed. The result of these preliminary investigations show that
the current design does not meet every requirement yet. This means that detailed design of the boom
system and the mirror support still have to be done, followed by a thorough mechanical and thermal
analysis covering both the (pre-)launch and the operational phase.

The hinges of the booms are currently not designed in detail. Furthermore, the hinges selected
currently do not allow the system to fold down in stowed configuration. A detailed design of the booms
and the hinges is required.

The spider is currently a flat plate. The design was not made in detail. This has still to be done.
Together with this, the interface between the mirror and the spider has to be designed. Currently no
concept has been selected yet.

The above stated work will be the subject of this Thesis.

2.4.4. Baffle Design
In order to reduce stray light and isolate the mirrors and their structures from the external heat fluxes,
it was proposed to use a baffle. There is currently no design for the baffle yet. In her MSc. Thesis, E.
Korhonen will work on the design of the baffle.

2.4.5. Thermal Design
Currently, the thermal analyses were only performed on specific subsystems. However, a thermal
analysis on the whole instrument has still to be done. This will be the responsibility of V. Villalba
Corbacho together with S. Leegwater and T. van Wees.
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2.5. Thesis Outline
This thesis will focus on the SMSS. The work of Lopes Barreto will be continued and the design pre-
sented in his thesis will form the baseline for further design. The most important conclusion from the
thesis of Lopes Barreto was that the articulated boom concept was the best option for the SMSS. Since
the hinges and the booms were not designed in detail, the starting point for the design will be the con-
cept selection. This is also true for the spider design and the mirror interface. Furthermore, Lopes
Barreto’s design was based on a separation of 1.3 m between the primary and secondary mirror. From
the optical subsystem, it was beneficial to increase this length to 1.6 m. This will require that the design
for the booms have to be redone as well. It can thus be concluded that the design has to start at the
top level system design, although the deployment concept is fixed to be an articulated boom system.
This can be summarised in the research objective:

The research objective is to design the secondary mirror support structure of the Deployable Space
Telescope project in detail, that can deploy the secondary mirror to the desired position within the de-
ployment budgets, and keep it within the drift and stability budgets during the operational phase of the
DST.

The main research question can be derived from this:

How can the secondary mirror support structure of the Deployable Space Telescope project be de-
signed such that it fulfils the optical alignment budgets?

This thesis will try to find an answer on this research question.





3
SMSS Function & Requirements

In this chapter, the requirements of the SMSS will be introduced. First, the functions of the SMSS
will be investigated, after which the requirements are formulated based on the SMSS functions and a
requirement discovery tree (RDT).

3.1. SMSS Function
Before the requirements can be determined, first the function of the system has to be investigated. In
this section, the function of the M2 support structure will be investigated with the help of a functional
breakdown structure and a functional flow diagram.

3.1.1. Functional Breakdown Structure
To find all the functions the system has to fulfil, a functional breakdown structure (FBS) was made.
This FBS covers all operational phases of the mission, from assembly and testing to End of Life (EOL).
Each main function is split in several subfunctions. The FBS for the SMSS is given in Figure 3.1.

Figure 3.1: Functional Breakdown Structure of the M2 support structure.

3.1.2. Functional Flow Diagram
The FBS gives a good overview of the functions the system has to fulfil. However, the FBS does not
give the relation between the functions. In order to provide a better overview of the order in which the
functions have to be performed, a Functional Flow Diagram (FFD) was made. The top level FFD for
the secondary mirror support system is given in Figure 3.2, while in Figure 3.3 a detailed FFD of the
SMSS is given.

13
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Figure 3.2: Top level Functional Flow Diagram for the SMSS.

Figure 3.3: Detailed Funcitonal Flow Diagram for the SMSS

3.2. Requirements
In this section, the requirements for the SMSS will be presented. These requirements will not only
be used during the design of the system, but also to determine if the final design of the system will
satisfy the customer needs. The top level requirements are presented first, followed by a section on
the subsystem requirements.

3.2.1. Top Level Requirements
The top level requirements are not subsystem specific but affect the entire telescope. The mission ob-
jective and mission requirements were made by other DST members, and are presented in Figure 3.7.
The layout of the requirements was made by M. Corvers and S. Pepper. These mission requirements
will be used to determine the subsystem requirements of the SMSS.

3.2.2. Subsystem Requirements
In this section, the subsystem requirements for the SMSS will be presented. Based on the mission
objective and requirements, and the FBS and FFD given in Section 3.1, a Requirement Discovery Tree
(RDT) was made for the SMSS. The RDT for the SMSS is given in Figure 3.4. Based on this RDT,
some design aspects are investigated in more detail before the actual requirements were formulated.
First, the alignment budgets and the volume constraints will be investigated, after which the subsystem
requirements for the SMSS will be presented.
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Figure 3.4: Requirement Discovery Tree for the SMSS of the DST.

Alignment Budgets
The alignment of the mirrors is of great importance for the optical performance of the system. In the dif-
ferent stages of the mission, different alignment budgets are important. There are 3 different alignment
budgets important for the secondary mirror [17]:

• Deployment budget
• In-orbit drift budget
• Stability budget

As the name suggests, the deployment budget concerns with the alignment tolerances just after
deployment. Alignment means in this context the actual position/orientation of the mirror with respect
to the ideal position. The SMSS shall thus deploy the secondary mirror within these boundaries to the
required position.
The second budget is the drift budget. Drift is determined as long term variations of the secondary
mirror with respect to the nominal position. All vibrations with a frequency lower than around 1 Hz are
considered as drift. A good example is the drift due to thermal variations of the spacecraft during a
single orbit.
The last budget is the stability budget. This budget concerns the misalignment of the mirror due to
vibrations with frequencies above 1 Hz, and are thus the short term disturbances. A good example for
this budget is the disturbance due to reaction wheel vibrations.
An overview of the optical budgets is given in Figure 3.5.
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Figure 3.5: Alignment budgets for the three mirrors of the DST. Table taken from [17].

System Physical Constraints
Apart from optical performance, the system also has to fulfil requirements on mass and volume. The
aim of the project is to produce an optical Earth observation space telescope with a fraction of the
mass and volume of current state of the art Earth observation satellites. This limits the volume and
mass budgets available for the SMSS.

The SMSS cannot be placed on the inside of the spacecraft bus. This is not because it is me-
chanically impossible, but it would interfere with the optical path. The border area between two primary
mirror segments will be used for alignment of the system and thus may not be blocked by the secondary
mirror support structure.

The current goal is to create a system that has a stowed volume of 0.75𝑚ኽ, with a threshold thresh-
old of 1.5 𝑚ኽ, see Requirement MIS-REQ-09 in Figure 3.7. The design volume is currently based on
the more detailed design of the primary mirror segments. In stored configuration, the secondary mirror
support structure should not extend outside the envelope determined by the primary mirror segments
in the X-Y plane. In deployed condition, the system may not interfere with the primary mirror segments.
The dimensions of the primary mirror segments in stored and deployed condition can be seen in Figure
3.6. The projected area of the DST in stowed configuration is currently 0.767 X 0.767 m. This means
that the height of the system in stowed configuration shall be equal to or lower than 1.27 m (goal) or
2.55 (threshold). Besides the limitations due to the primary mirror, the M2 may also not interfere with
the field stop. The field stop extends 120 mm from the vertex of the primary mirror.
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(a) Stored configuration
(b) Deployed configuration

Figure 3.6: Dimensions of the DST primary mirror segments in stored and deployed configuration.

Subsystem Requirements
With the top level requirements stated and the more detailed investigation given in the previous sec-
tions, the SMSS subsystem requirements were formulated. The requirements are given in Figure 3.8.
The requirements that have an old identifier are taken from the thesis of J.W. Lopes Barreto [42]. The
new identifiers are introduced to have a single consistent requirement identification system within the
DST project. As stated, these requirements will be used to verify the system, which will be done in
Chapter 12. There are four verification methods that can be used to verify the design:

• Inspection (I)
• Analysis (A)
• Demonstration (D)
• Test (T)

The verification methods used for the subsystem requirements are given in Figure 3.9.
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Figure 3.9: Verification methods used for the verification of the requirements



4
Design Loads during LEOP & Standards
The SMSS will be subjected to different loads during the different mission phases. The load cases
presented in this chapter are used in the design process to ensure that the system can survive all mis-
sion phases. In the design process the failure criterion is used to determine when the component fails.
Since this, together with the safety factors, are common for all components, they will be presented in
this chapter together with the design load cases. In the first section, the mechanical loads experienced
during launch are discussed, followed by a section on the thermal loads during the Launch and Early
Operations (LEOP) phase. In the last section, the failure criterion used in this thesis is discussed.

4.1. Launch Loads
The launch loads used in this thesis are the standard cases used within the DST project. A launch load
of +30 G in the (x + y), (y + z), and (x + z) directions is applied, resulting in three load cases. This 30G
semi static load is an estimate of the combination of the semi static and dynamic loads experienced
during launch. This load was based on advice from Airbus Defence and Space Netherlands as used
in the thesis of Van Putten [62]. As this is currently used as the DST standard, other subsystems will
use this condition as well. The standards used are given in the DST Requirements Document, which
is an internal document.

4.2. LEOP Thermal Environment
During LEOP, the SMSS will be subjected to the largest thermal variations. In this section, the thermal
environment during LEOP is discussed. But first, the thermal margins are discussed.

Within the DST project standard thermal margins are used. The temperature range is calculated
using a simulation. On the obtained thermal range, margins are applied. Five temperature ranges are
identified: the calculated temperature range, the predicted temperature range, the design temperature
range, the acceptance temperature range, and the qualification temperature range.

The calculated temperature range is the temperature range resulting from the thermal simula-
tions. An uncertainty margin is applied on this range to cover the model uncertainties. This obtained
temperature range is called the predicted temperature range. For the DST project an uncertainty
margin of 15 K is used. This number was based on [53], clause A1. In the DST project, the design
temperature range is equal to the predicted temperature range. The design temperature range is the
design input for the thermal subsystem. An acceptance margin of 5 K is added to this range to account
for unpredicted behaviour of the thermal control system. The temperature range obtained is called the
acceptance temperature range. An additional 5 K is added to this range to account for unexpected
events. This temperature range is the qualification temperature range. The temperature ranges are
summarised in Figure 4.1, while Figure 4.2 gives the margins used in the DST project. The temperature
ranges were investigated and determined by S. Pepper, not by the author. They are presented here to
give a full overview of the thermal requirements.
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Figure 4.1: Temperature ranges used in the DST project. Image taken from [53]

Figure 4.2: Temperature ranges used in the DST project. Image was made by S. Pepper

The thermal design of the DST is still in an early phase. To get an idea of the extreme temperatures
encountered by the DST, the author and S. Pepper worked on a preliminary thermal model of the DST
in stowed configuration in LEOP. The thermal network was the task of S. Pepper, while the author was
responsible for the heat fluxes on the spacecraft. In this section, only the calculation of the heat fluxes
are given. For more information on the thermal network, refer to the DST-WP1-CALC-001 document.

The spacecraft is modelled as a square box, where the bottom of the box is perfectly thermally
insulated. The thermal properties of the sides are given in Table 4.1. The normal of the top surface
points in the velocity direction, while one of the sides of the box always points nadir.

Side 𝛼 𝜖
Instrument sides (Polished silver, M1 segments) 0.04 0.02
Instrument top (CFRP, spider) 0.93 0.85

Table 4.1: Thermal properties used in the priliminary thermal model of the instrument during LEOP.

The orbit chosen is a 500 km Sun Synchronous Orbit (SSO), with a right ascension of the ascending
node (RAAN) of 22:30 local ground time. The angles between the sun and the surface normals are
calculated in the spacecraft centred celestial sphere, with the x-axis pointing nadir, the y-axis pointing
towards the orbit pole. For each moment in time, the angle between each surface and the vector
towards the sun is calculated. This angle is called 𝛽 and is calculated with [40]:

𝑐𝑜𝑠(𝛽) = 𝑐𝑜𝑠(𝛾)𝑐𝑜𝑠(𝛽ᖣፒ) + 𝑠𝑖𝑛(𝛾)𝑠𝑖𝑛(𝛽ᖣፒ)𝑐𝑜𝑠(Δ𝐴፳) (4.1)

In this equation, 𝛽ᖣፒ is the angle between the sun and the orbit pole, 𝛾 is the angle between the
surface normal and the orbit pole, and Δ𝐴፳ is the difference between the azimuth of the sun and the
normal of the surface, see Figure 4.3a.

The eclipse the spacecraft will experience is calculated using the following equation [40]:

𝐴፳,፞፥።፩፬፞ = 𝐴፳,ኺ ± 𝑐𝑜𝑠ዅኻ (
𝑐𝑜𝑠(𝜌)
𝑠𝑖𝑛(𝛽ᖣፒ)

) (4.2)
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(a) Solar angles (b) Eclipse angle

Figure 4.3: Angles used in the solar angle calculations for the preliminary thermal model. Images taken from [40]

Where 𝐴፳,፞፥።፩፬፞ is the azimuth range the spacecraft is in eclipse. 𝐴፳,ኺ is the azimuth angle of the
centre of eclipse, which is 0 in this case. For the angles, see Figure 4.3b. The result can be seen in
Figure 4.4. The solar input was calculated using these beta angles. This was added to the Earth IR and
albedo heat inputs. The temperature was calculated for the worst hot and cold cases. This resulted in
a temperature range of 180 to 411 K. Adding the 25 K margin, this resulted in a temperature range of
155 - 436 K.

(a) Summer (b) Winter

Figure 4.4: Beta angles of the spacecraft as calculated for the Northern hemisphere summer and winter.

4.3. Failure Criterion & Safety Factors
The failure criterion used in this thesis is the Distortion-energy hypothesis, sometimes called the shear-
energy hypothesis, the von Mises-Hencky hypothesis, or the octahedral-shear-stress hypothesis [54].
This criterion was preferred over the other theories like the maximum shear stress theory, and after
discussion with the team the von Mises-Hencky theory was set as the standard within the DST project
and added to the DST Requirements Document. This theory states that the material starts to yield
when the effective stress, or von Mises stress 𝜎ᖣ, exceeds the yield stress of the material [54]:

𝜎ᖣ ≥ 𝜎፲።፞፥፝ (4.3)

It must be stated that not all materials yield. In these cases the ultimate stress is used. The von Mises
stress within the material can be calculated when the principle stress within the material is known [54]:

𝜎ᖣ = √
(𝜎ኻ − 𝜎ኼ)

ኼ + (𝜎ኼ − 𝜎ኽ)
ኼ + (𝜎ኽ − 𝜎ኻ)

ኼ

2 (4.4)
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The von Mises stress can also be expressed as function of the stress state in a given reference
frame instead of the principal stress [54]:

𝜎ᖣ = √
(𝜎፱ − 𝜎፲)

ኼ + (𝜎፲ − 𝜎፳)
ኼ + (𝜎፳ − 𝜎፱)

ኼ + 6 (𝜏ኼ፱፲ + 𝜏ኼ፲፳ + 𝜏ኼ፳፱)
2 (4.5)

The safety factors are introduced to cover uncertainties within the load cases. The safety factors
have to be applied on the loads, not on the stress. This is because some load cases do not have a
linear relation with the resulting stress. A good example of this is the buckling of a structure. Since the
strength of the component is expressed in the applied load, a safety factor on the stress would give a
wrong representation of the strength of the component, and possible overloading can take place. The
used safety factors are listed below in Table 4.2. The table is based on the work of S. Pepper, who
reported his findings in the DST requirements document from which the table is taken.

Table 4.2: Safety factors used within the DST project. The safety factors were investigated and reported by S. Pepper. The table
is based on the work done by S. Pepper, who based the table on [40].

Description SFዽይዩደየ SFዹደዸ
Static 1.25 1.4
Sine 1.25 1.4
Random/Accoustic 1.6 1.8
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5
M2 System Level Design

In the previous chapters the current state of the design of the SMSS was discussed. In these chapters
it was concluded that the current design of the SMSS has some points of improvement. This chapter
will discuss the top level design of the SMSS based on the recommendations on the previous design.
In the first section, the number of booms will be discussed, followed by a section covering the degrees
of freedom (DOF) of the links used in the booms. The tolerances on these links are discussed in the
next section, followed by a section about the stowed configuration of the system.

In the requirements stated in Chapter 3. These requirements can be translated in a wish list for the
SMSS:

• Deploy the M2 1.6 m above the primary mirror segments, measured between the vertex of both
mirrors

• Stay within the given volume budget
• Have a low mass
• Do not interfere with the telescope optics
• Have a low thermal sensitivity
• Form an exactly constrained design for high deployment repeatability
• Provide a stiff support for M2 for a high stability.

With this wish list in mind, the top level system design was started.

5.1. Number of Booms and Orientation
The first design of the SMSS made by Dolkens had three booms connecting the M2 and the bus. In
the design made by Lopes Barreto the SMSS has four booms that support the spider. The reason to
increase the number of booms to four was that the number of M1 segments was increased to four. This
meant that a symmetrical design with three booms was impossible without blocking the light of the M1
segments.

The advantage of four booms is that the system is again symmetrical, giving symmetrical eigen-
modes. Apart from that, an extra boom could result in an increase in stiffness of the system. The
downside is that the system becomes overconstrained. When there are errors in deployment or pro-
duction, one or multiple components have to deform in order to come to a deployed condition. This
introduces unpredictability in the system.

Another option is to use three booms, and designing the links such that the system is exactly con-
strained. The repeatability of an exact constrained design is high. If there are production or assembly
errors present in the system, the accuracy of the system is reduced, but the system remains repeat-
able. Production and assembly errors can then be compensated on ground. The removal of one of the
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booms could lead to a reduction in stiffness and will make the system asymmetrical.

The positive and negative aspects discussed above are given in Table 5.1. In order to compare the
two options, a small trade-off table was made. This is given in Table 5.2.

Table 5.1: Strong and weak points of the SMSS with three and four booms.

Concept Positive aspects Negative aspects
Four booms

• Possibly higher stiffness
• Symmetric design

• Overconstrained design, un-
predictable deformations

• Higher mass

Three
booms • Can be made exactly constrained

• Lower mass
• Asymmetric design
• Possibly lower stiffness

Table 5.2: Trade-off table for the number of booms of the SMSS

From the arguments mentioned in Table 5.1 and Table 5.2, it can be seen that it could be beneficial
to decrease the amount of booms from four to three. It must be stated that the trade-off was performed
in an early stage of the project, at which not much information is known. When more information about
the system comes available during the design, the results of this trade-off may change. It is thus im-
portant to re-evaluate this trade-off during the design process.

In the design iteration of Lopes Barreto, the booms were parallel to each other in deployed condition.
With the type of hinges used in the design, this led to a problem in stowed condition. A solution to this
is to increase the length of the spider, which results in non-parallel booms. A schematic representation
of the difference between the parallel booms and the booms under an angle is given in Figure 5.1. This
concept of non-parallel booms is interesting, since it could be possible that by changing the orientation
of the booms the stiffness of the system is increased. This hypothesis is based on the fact that a
rectangular shaped system with parallel booms has a lower stiffness than a pyramid shaped system
with non-parallel booms. The current design iteration was then equipped with non-parallel booms to
test this hypothesis. The booms are standing outwards, since they are not allowed to cross the primary
mirror segments. As stated before, this decision has to be re-evaluated when more information is
available.
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Figure 5.1: Schematic representation of the system with parallel booms (r) and booms under an angle (l).

5.2. SMSS Constraint Analysis
By locking the hinge between the boom segments with high accuracy, the segments will form single,
straight boom which reduces the degrees of freedom of the system. To exactly constrain the system,
additional hinges have to be locked. Care must be taken not to overconstrain the system. In this
section, this is investigated.

5.2.1. Mount Concept
During the literature study, different forms of mounts for optical systems were investigated. From this
study, it became clear that a mount using the kinematic mount principle is the best candidate for this
problem. There are twomain forms of kinematic mounts: the Kelvin kinematic coupling and theMaxwell
kinematic coupling, see Figure 5.2.

(a) Kelvin kinematic mount [4]
(b) Maxwell kinematic coupling [27]

Figure 5.2: Two forms of kinematic mounts. In a) the principle of the Kelvin kinematic coupling and in b) the principle of the
Maxwell kinematic coupling. Images taken from [4, 27]

The layout of the system is suitable for a Kelvin kinematic coupling. This means that one boom has
to act as the ball-in-cone interface, and thus restrict translation in the x, y, and z direction. Another beam
has to act as the ball-in-V-groove interface, and has to restrict translation in the y, and z direction. The
third boom has to act as the ball-on-plane interface, and thus only restrict translation in the z direction.
Together, the booms will restrict all DOFs. This means however that the hinges must allow translation
and rotation in multiple directions. To check if this concept works, a constraint analysis was performed.

5.2.2. Constraint Analysis
The constraint analysis was done using a mathematical approach. The constraints acting on the spider
are given in Figure 5.3.

The spider is supported by three booms. Each boom has a hinged connection to the spider, and
to the instrument bus. This means that each boom is a serial system, and these serial systems are
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Figure 5.3: Constraints acting on the spider in the Kelvin mount configuration.

connected in parallel to the spider. Both the DOF (twist) and the constraints (wrench) form screws.
Twists and wrenches are vectors with the size 6x1 (in 3D space) [32]:

𝑇 = [ 𝑅𝑜𝑡𝑎𝑡𝑖𝑜𝑛
𝑇𝑟𝑎𝑛𝑠𝑙𝑎𝑡𝑖𝑜𝑛] = [

𝜔
𝑟 × 𝜔 + ℎ𝜔] (5.1)

𝑊 = [ 𝐹𝑜𝑟𝑐𝑒𝑀𝑜𝑚𝑒𝑛𝑡] = [
𝑓

𝑟 × 𝑓 + ℎ𝑓] (5.2)

Where 𝜔 is the rotation vector which is a unit vector, 𝑟 is the position of the constraint/DOF with
reference to the used axis system measured in meters, 𝑓 is the force vector which is also a unit vector,
and ℎ is the pitch of the screw. For a pure rotational DOF (a revolute joint for example) the pitch is
zero. For a translation DOF (a prismatic joint), the pitch is infinite. In the current problem, only revolute
joints are present, and thus the pitch of the twists and wrenches are all zero. When a set of twists or
wrenches is given, the reciprocal system can be found by the following rule [32]:

𝑊ዊ = 𝑘𝑒𝑟 (𝑇ፓΓ) (5.3)

𝑇ዊ = 𝑘𝑒𝑟 (𝑊ፓΓ) (5.4)

Where 𝑘𝑒𝑟 is the kernel, and 𝐺𝑎𝑚𝑚𝑎 is the reciprocity matrix:

Γ = [0 I
I 0] (5.5)

In Equation 5.5, 0 is the 3x3 null matrix, and I is the 3x3 identity matrix. Thus the size of the 𝛤 matrix
is 6x6.

To add the twists and wrenches in a correct way, one single reference frame has to be used. Since
the body of interest is the spider, the reference frame is placed at the centre of the spider. The x-axis
connects the two facing booms. The y-axis points in the direction of the remaining boom, and the z-axis
points upwards. The constraints acting on the spider are given in Figure 5.4.

The DOFs given in the figure have to be represented as twists in order to see if this system is
exactly constrained. The twist matrix for the first boom is given below. The columns of the matrix are
the individual twists, introduced by the DOFs given in Figure 5.4.

𝑇ኻ =

⎡
⎢
⎢
⎢
⎢
⎣

0 0 1
1 0 0
0 1 0
0 0 0
0 0.38 0

−0.39 0 0

⎤
⎥
⎥
⎥
⎥
⎦

(5.6)
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Figure 5.4: The degrees of freedom within the concept. The arrows with a hollow end represent the allowed rotation within the
hinge or flexure.

Using the relation given in Equation 5.3, the reciprocal wrenches can be determined:

𝑊ኻ =

⎡
⎢
⎢
⎢
⎢
⎣

−0.36 −0.93 0
0 0 −0.93

−0.87 0.34 0
0 0 0

−0.34 0.13 0
0 0 0.36

⎤
⎥
⎥
⎥
⎥
⎦

(5.7)

The same can be done for boom 2 and 3:

𝑇ኼ =

⎡
⎢
⎢
⎢
⎢
⎣

1 1 0 0 0
0 0 0 1 0
0 0 1 0 1
0 0 0.38 0 0.34

−1.6 0 0 0 0
−0.39 −0.39 0 0 0

⎤
⎥
⎥
⎥
⎥
⎦

(5.8)

𝑇ኽ =

⎡
⎢
⎢
⎢
⎢
⎣

0 0 0 1
1 1 0 0
0 0 1 0
1.6 0 0 0
0 0 −0.38 0
0.39 0.39 0 0

⎤
⎥
⎥
⎥
⎥
⎦

(5.9)

𝑊ኼ =

⎡
⎢
⎢
⎢
⎢
⎣

0
0

−0.93
−0.36
0
0

⎤
⎥
⎥
⎥
⎥
⎦

(5.10)
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𝑊ኽ =

⎡
⎢
⎢
⎢
⎢
⎣

0.72 −0.59
0 0

−0.59 −0.72
−0.23 −0.28
0 0

−0.27 0.23

⎤
⎥
⎥
⎥
⎥
⎦

(5.11)

Now all the wrenches are known from the three booms. Since the three booms form a parallel
system with the spider, the wrenches can be added. The matrix given in Equation 5.12 represents all
the constraints imposed on the spider. An underconstrained system will have a rank lower than six, and
thus at least one DOF is not constrained. An overconstrained system has a rank lower than the amount
of columns in the wrench matrix, and thus at least one DOF is constrained by multiple constraints. An
exactly constrained system has thus a wrench matrix with six columns and a rank of six, and so all
DOFs are constrained, and each DOF is constrained by only one constraint. The rank of the matrix in
Equation 5.12is six, thus the concept is exactly constrained.

𝑊 =

⎡
⎢
⎢
⎢
⎢
⎣

−0.36 −0.93 0 0 0.72 −0.59
0 0 −0.93 0 0 0

−0.87 0.34 0 −0.93 − 0.59 −0.72
0 0 0 −0.36 −0.23 −0.28

−0.34 0.13 0 0 0 0
0 0 0.36 0 −0.27 0.23

⎤
⎥
⎥
⎥
⎥
⎦

(5.12)

5.3. Boom Stowed Configuration
The booms will be folded to reduce the required launch volume during launch. There are two options
for storing the boom segments, either next to each other along the mounting face of the instrument
bus, or stored next to each other perpendicular to the mounting face of the spacecraft bus. The two
options are visualised in Figure 5.5. In the figure, it can be seen that there is more space available for
the SMSS to be stowed in radial direction, and with that allow for larger boom diameters.

Figure 5.5: The two stowage options for the articulated booms. In the two top corners the booms are placed parallel to each
other in radial direction. On the two lower corners, the booms are placed parallel to each other along the mounting face.

A trade-off is required to determine what orientation the boom segments will be stored. It was
chosen to use a graphical trade-off table. To perform the trade-off, first the criteria were determined:

• Space for hinges, latches, and hard stops.
• Stiffness of the hinges.
• Interference with other systems.
• Size of the spider.
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The first two criteria were seen as most important, since they both directly influence the performance
of the system. More room for the hinges, latches, and hard stops means that the accuracy is less
constrained by limited volume. The stiffness of the hinges influences the stability of the system when
deployed. The interference with the other system is seen as less important because the DST design
is still in an early phase, and the designs are still flexible. The last criterion is about the spider size.
A larger spider means higher mass, but also different mechanical properties. The trade-off is given in
Table 5.3.

Table 5.3: Graphical trade-off table for the orientation of the boom segments in stored position.

Before getting to the conclusions, first a brief explanation of the scores. On the first criterion, the first
option scores better than the second. As stated before, this direction is the space limited, resulting in
less space for the mechanisms. This comes also into play in the second criterion. Due to the possibility
or larger hinges, the contact points between the booms can be more separated, which is beneficial for
the stiffness and stability of the system. The second option has more chance of interfering with the
other subsystems simply because the stored booms are closer to the primary mirror segments. The
second option scores better on the last criterion. In the first option, the location of the booms in stored
position require a longer spider. The spider must always radially extend further than the bottom hinge,
otherwise the boom segments would intersect with each other. The second option does not have this
problem, and thus scores better.

The result of the trade-off is that the first option is selected.

5.4. Hinge Tolerances
The budgets given by the optical department of the DST team cannot directly be used for the design
of the SMSS. The budget provided by the optical team only gives information on the position and ori-
entation of the mirror. This has to be translated to tolerances useful for the design of the system, like
deployment accuracy and production tolerances in the components of the system. This will give the
top-down budgets for the components of the system, that can be used to assess the needed precision
in the components during the design. After the design is complete, a bottom-up tolerance analysis/test
can be performed, which can be compared to this analysis.

The given tolerances of the mirror position are not hard boundaries, but rather represent the 2𝜎
range of a normal distribution. It was decided to model the component errors as random distributions
as well. The model was build based on the decisions made up to this point, meaning that three booms
are used of which one boom restricts translation in the x, y, and z direction, one boom restricts trans-
lation in the y and z direction, and the last boom restricts translation only in the z direction.
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Before the model could be made, first the method of modelling the mechanical tolerances needed
to be investigated. One method is to use the extreme values of the tolerances. This results in the worst
case deflection of the mirror. This method is not a statistical method, and is very simple. however
this method is very pessimistic. Another option is to use the Root-Sum-Squared method, in which
the tolerances are taken as normal distributions. This method is also simple, but the method is too
optimistic. Both methods use unrealistic assumptions and thus the results are often not very accurate
[38, 52, 56]. There are more methods developed to model the tolerances in an assembly, but most
methods use the assumption that the tolerances of a single component can be approximated by a
normal distribution. The tolerance value is given by the 6𝜎 range, or ±3𝜎 from the nominal value. At
this point in the design, the design of the hinges is still unknown. In the first iteration of themodelling, the
hinge errors were modelled as normal distributions in a monte carlo simulation. The mirror alignment
errors were then calculated with these hinge errors using the geometry of the system. The hinge errors
were modelled as inputs and were altered until the resulting mirror alignment error was similar to the
provided optical deployment budget. The hinge errors that resulted in this optical deployment budget
are used as first estimates for the requirements on the hinges.
From this model, it became clear that the error in the hinges must be equal or smaller than 1 arcsec
(1𝜎). With these results, a mirror position error of close to the given budget is realised. The mirror
position using the given hinge errors is given in Figure 5.6.

In order to go to a deeper level, the hard stops of the hinges can be modelled instead of the hinge
as a whole. According to [38, 52, 56] it is unrealistic to model the production tolerances in an assembly
by a normal distribution. These papers report on the method suggested by Croft, in which the natural
tolerance of the process is assumed larger than the imposed tolerance. This results in a truncated
normal distribution. Croft assumed a rectangular distribution to model the tolerances. Since a rect-
angular distribution has more mass on the edges of the tolerance compared to the truncated normal
distribution, the approximation is a pessimistic representation. On the other hand, the method does
not include any bias in the production, which is an optimistic assumption. Croft suggested that those
effects cancel each other, resulting in a good estimation [38, 52, 56]. For this analysis, the method of
Croft is used. To get a first insight in the system, ball bearing hinges are used with hard stops with pro-
duction tolerances. This decision was based on the previous design iteration, which uses ball bearing
hinges for all joints. Besides the errors in the joints itself, the mounting errors are also included. From
this analysis, which is for now not more than an indication on the required accuracy, it became clear
that the required tolerances of the hard stops lies in the order of 0.3 micron.
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(a) X position (b) Y position (c) Z position

(d) X rotation (e) Y rotation (f) Z rotation

Figure 5.6: Translation and rotation deployment tolerances of the secondary mirror, based on the tolerances of the components
of the secondary mirror support structure. On the X axis, the position or rotation error is given in microns or microrad. The Y axis
represent the amount of times the mirror has the given alignment offset in the monte carlo simulation.

5.5. Conclusion
In this chapter, the top level design of the SMSSwas discussed. The starting point was the results of the
last design iteration, performed by Lopes Barreto. It was observed that this design was overconstrained,
which can result in unpredictable deformations during deployment. It was chosen to reduce the number
of booms from four to three booms. This solves the constraining problem and reduces the weight of
the system. However, it could result in a less stiff structure. In a later stage of the design when there
is more information on the system, this trade-off has to be re-examined.
It was chosen to place the booms not parallel to each other in stowed configuration to increase the
stiffness of the system. This hypothesis must still be tested.
Apart from the mid hinges, one root hinge has to be locked to exactly constrain the system. This was
the outcome of the constraint analysis performed in this chapter.
Furthermore, the hinges must deploy with an accuracy with a standard deviation of 0.9 arcsec. With
this accuracy, the system will deploy within the given alignment budget.
Figure 5.7 gives a top level representation of the concept chosen.
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Figure 5.7: Schematic overview of the selected concept. The blue dots represent hinges, while the red dots represent latching
hinges. The mirror is not drawn at the top on the spider, and the bus at the bottom is also left away.



6
System Conceptual Design

In the previous chapter, the focus was on the system as a whole. It was decided to focus first on the
detailed design of the mid hinge. Before the mid hinge design can be performed in detail, first the rough
concepts for the other parts of the system have to be determined. These concepts will be used in the
analysis performed for the mid hinge trade-off, which is treated in the next chapter.
In the first section, the design of the spider is treated, followed by a section on the interface between
the M2 and the SMSS. Then, the concept selection for the top hinge will be discussed.

6.1. Spider Conceptual Design
The spider is the structure connecting the booms and the M2. In the design made by Lopes Barreto,
the spider was modelled as a stiff, flat plate. This concept was extended further in more detail. The
concept was based on the space available.

Figure 6.1 gives a render of the new spider concept. The spider is made up of two perpendicular
beam sections with rectangular cross sections. The width of the beams are set to 9 mm for now. This
width was chosen because the gap between two primary mirror segments is 9 mm, and thus with this
width the spider does not block light of the primary mirror segments. The height of the spider is for now
set to 40 mm, and the thickness to 2 mm. These numbers are for now first estimates, and have to be
determined later in the project.
In the Figure, the circular section is clearly visible. The flexures connecting the mirror and the spider will
be placed on this circular section of the spider. From literature, it became clear that the best position
to fasten a circular mirror is at 2/3 of the radius of the mirror [4, 67]. The exact mounting points have to
be determined when the mass distribution of the mirror is known, however the topology optimisation of
the M2 mirror is not part of this thesis.

The last features that are visible on the figure are the straight cross connections. These are placed
such, that they mark the inner edge of the primary mirror segments and thus do not block the light of
the M1 segments. The function of these cross connections is to increase the stiffness of the spider
structure.

37
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Figure 6.1: Render of the spider used in the modal analysis models.

6.2. Mirror Interface
As stated in the previous section, the mirror is connected via a support to the circular structure on
the spider. The mirror should be connected to the spider in a (semi) kinematic way to prevent mirror
deformations due to thermal loading. A kinematic mount has limited contact area, resulting in high
stress concentrations. Semi kinematic interfaces use a larger contact area, and thus reduce the stress
concentrations in the mirror. For now a simple interface is chosen with flexures. The blade flexures are
equally separated over 360 degrees, centred at the mirror centre. In this setup, the compliant DOF of
each flexure acts in radial direction of the mirror. The design of the flexures are taken from the work of
Van Putten, which are blade flexures with a thickness of 0.5 mm [62].

6.3. Top Hinge Concepts
The top hinges form the interface between the booms and the spider. In the previous chapter it was
decided to use a kinematic interface layout for the spider. This increases the complexity of the hinges,
since the hinges need to allow more movement than just the rotation around the main axis. In this
section, the top hinge preliminary concept is discussed.

6.3.1. Morphological Table
To identify different options, a morphological table was made from which a preliminary design is cho-
sen. The morphological table is given in Table 6.1.

In the first column of the table, the different required functions of the concept are listed. In the
columns next to that, different design options are presented. From this table, concepts can be formu-
lated by selecting from each row a design option. However, not all combinations lead to a feasible
concept. Before the concepts are generated, first the different options are briefly explained.

Location radial translation
Two of the three booms of the system have to allow for translation in the radial direction, seen from the
centre of the spider. This translation can happen at two locations: in the top at the interface between
the boom and the spider, or at the bottom where the total boom can rotate. When the translation is
allowed in the top, it requires that the boom itself is fixed, and thus a hard stop is required at the bottom.

Rotation of the spider
For all three booms, the top hinge shall allow the spider to rotate over all three axes to prevent over-
constraining the system. The first option is to use spherical joints. These joints restrict all forms of
translation, but allow for rotation around all three axes. The disadvantage of these types of joints is the
backlash in the joint, which is in all three directions.
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Table 6.1: Morphological table for the concept of the top hinge design.

Location ra-
dial transla-
tion

At the top,
connection
between the
spider and
boom

Whole boom
movable, no
hard stop at
bottom

Rotation of
spider

Spherical joints Flexures with a
simple hinge

Three separate
hinges in series

Translation
spider

Ball in groove Flexures on spi-
der

Flexures on the
boom at the spi-
der interface

Two degrees of
freedom hinges

The second option is to use a ’regular’ hinge with only one DOFin combination with a flexure that allows
rotation around two axes. Together, rotation around all three axes is realised. Due to the large deflec-
tion required during deployment, the regular hinge cannot be replaced by a flexure. The advantage
of this concept is that the flexures do not introduce backlash and hysteresis in the system. The third
option is to use three one DOF hinges in series. Each hinge will allow for a rotation around an axis.
Each hinge can then be made such, that backlash and hysteresis is minimised. However, this option
can become complex and large in both volume and mass.

Translation of the spider
One of the booms has to allow for translation in two directions. The first option is an expansion on the
spherical joint. By placing the ball in a ’groove’ instead of a spherical socket, the ball can be translated
along the groove. The advantage is that the functions of the hinge are bundled in a single mechanism,
making it more compact. The disadvantage is that it is hard to make this system without introducing
backlash into the system. The second option uses flexures to allow translation. The advantage of this
option is the simplicity, it does not require moving parts. It also doesn’t introduce backlash or hysteresis
and can be made compact. The third option also makes use of flexures, but now they are located on the
booms instead. This option is feasible when it is decided to fix the boom, and allow for radial translation
at the top. Due to the bending of the flexures, it would be best to use a spherical joint at the top. The
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last option is to use 2-DOF hinges. This option is based on a patent. The bearing consists of multiple
rows of balls in a single race. The race is not restricted, and can thus rotate around the main axis, but
also translate over this axis. An illustration of the 2-DOF hinge is given in Figure 6.2 [26].

Figure 6.2: Illustration of the 2 DOF hinge as described in [26]. The numbers 240, 245, and 254 indicate the 2 DOF hinge
components. Image taken from [26].

6.3.2. Concept generation
From the morphological table, several concepts were generated by combining the different options in
the table. The concepts are listed below. It must be noted that not all possible combinations are taken,
since it would give too many concepts to perform a good trade-off. Furthermore, the concepts are
generated for the most difficult case, for the boom that has to allow translation in two directions.

• Concept 1: Location radial translation: Top (1), Rotation of spider: Spherical joint (1), Translation
spider: Flexures on boom (3).

• Concept 2: Location radial translation: Top (1), Rotation of spider: Flexures with regular hinge
(2), Translation spider: Combination of flexures on spider (2) and flexures on boom (3).

• Concept 3: Location radial translation: Top (1), Rotation of spider: Flexure with regular hinge
(2), Translation spider: Combination of flexures on boom (3) and 2 DOF hinge (4).

• Concept 4: Location radial translation: Top (1), Rotation of spider: Three separate hinges in
series (3), Translation spider: 2 DOF hinges (4).

• Concept 5: Location radial translation: Bottom (2), Rotation of spider: Spherical joints (1), Trans-
lation spider: Ball in groove (1).

• Concept 6: Location radial translation: Bottom (2), Rotation of spider: Spherical joints (1), Trans-
lation spider: Flexures on spider (2).

• Concept 7: Location radial translation: Bottom (2), Rotation of spider: Flexures with regular
hinge (2), Translation spider: Flexures on spider (2).

• Concept 8: Location radial translation: Bottom (2), Rotation of spider: Flexures with regular
hinge (2), Translation spider: 2 DOF hinge (4).

• Concept 9: Location radial translation: Bottom (2), Rotation of spider: Three separate hinges in
series (3), Translation spider: 2 DOF hinge (4)

6.3.3. Trade-off and Concept Selection
From these 9 concepts, one has to be selected that needs to be designed into more detail. In this
section, the trade-off will be given.

First, the type of trade-off has to be decided upon. For this trade-off, it is chosen to use a weighted
average. The score different concepts can get ranges from 0 to 5. The concept with the overall highest
score will be selected. The concepts will be assessed on different criteria. The criteria are listed below.
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• Nonlinear behaviour: Moving parts introduce nonlinear behaviour in the system, which de-
creases the repeatability and predictability of the system, which is undesirable.

• Complexity: Not only the production benefits from a simple system, complex systems often have
a higher failure risk.

• Mass: The mass of the system is important for the stability of the system after deployment, and
to keep the SMSS within the mass budget.

• Locking: When the concept is able to be locked, the stiffness of the system can be increased
when deployed, which benefits the stability of the system.

• Compactness: The volume of the total system in stored position is limited. A smaller volume
concept is thus preferred.

The criteria will get different weights to represent the importance of the different criteria in the trade-
off. The weights are determined using the Analythical Hierarchy Process (AHP). The matrix with the
relative weights that was used to get to the overall weights of the criteria is given below:

⎡
⎢
⎢
⎢
⎣

1 1.5 2.5 2 4
1/1.5 1 2 1.5 3
1/2.5 1/2 1 1/1.5 2
1/2 1/1.5 1.5 1 3
1/4 1/3 1/2 1/3 1

⎤
⎥
⎥
⎥
⎦

(6.1)

The order of the criteria are the same as presented above, thus criterion 1 is nonlinear behaviour,
criterion 2 is complexity, criterion 3 is mass, criterion 4 is locking, and criterion 5 is compactness. The
results are given in Table 6.2.

Table 6.2: Weights as used in the top hinge concept trade-off

Criterion Weight
Nonlinear behaviour 0.35

Complexity 0.25
Mass 0.13
Locking 0.19

Compactness 0.08

With these weights the actual trade-off between the concepts can be performed. The trade-off is
given in Table 6.3.

Table 6.3: Trade-off table for the concepts for the top hinge design. The scores range from 0 to 5.

From this trade-off table, several things can be concluded. First of all, the concepts having the
radial translation at the top score on average worse than those at the bottom. The reason for this is
that the system would become more complex since the booms have to be locked at the bottom with
high precision. To then allow for translation, an extra DOF has to be introduced in the top. This results
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in an heavier, more complex solution.

The spherical joint performs worse than the flexure-regular hinge combination in this trade-off. Rea-
son for this is that the spherical joints requires some backlash in order to function properly. Since the
spherical joint has to rotate over all three axes, the backlash is also present in all three axes, making
it less predictable. Normal ball bearings also have backlash, but since this is only in one direction, the
backlash can be minimised more easily. The regular hinge is only used for the axis over which a larger
rotation is required. For the other rotations flexures are used. The third option, using three regular
hinges in series, has the main downside that it is a complicated system. Due to the complexity, the
predictability of the system decreases. Minimising backlash and other forms of nonlinear behaviour is
then harder to control. Furthermore, the mass and volume may increase significantly.

The trade-off shows that concepts 7 and 8 perform the best. The concepts are rather similar. They
both use a combination of a regular hinge and flexures to account for the rotations. The difference lies
in the method of allowing translation. Concept 7 uses a flexure attached to the spider, while concept
8 uses a 2 DOF hinge. The reason that concept 7 wins, is that the concept already uses flexures to
account for rotations. With a minor change to the flexure, it can also allow for translation. This saves
extra complexity and mass. This means that the final concept of the top hinge is concept 7, which has
a regular hinge for the large deflection during deployment.

It must be stated that this trade-off was performed at a top level. Not much is known about the
system’s behaviour. It is thus very important to keep in mind that results of future analyses can prove
some assumptions made in this trade-off invalid, and can thus change the outcome of this trade-off.
This concept was thus selected to be used as baseline, but it was kept in mind that the trade-off has
to be critically reevaluated when more information about the system is known and that the outcome of
this trade-off is not written in stone.

6.3.4. Flexure Design
The rotation about the axis parallel to the spider can be provided by a cruciform flexure. The rotation
about the axis parallel to the boom can be provided by a simple strip flexure. The last boom has also
to facilitate an extra translation. This can be done by connecting two simple strip flexures connected
to each other [63]. The flexures are given in Figure 6.3.

(a) Cruciform flexure
(b) Single strip flexure

Figure 6.3: General layout of the cruciform and single strip flexures. Images taken from [63].

The material of the flexures is an important parameter in the design of the flexures. The largest
compliance of a given flexure is given by the material with the largest reduced tensile modulus, the
ratio between the tensile modulus and the Young’s modulus. Further, creep is an issue with flexures.
A rule of thump is that the higher the melting temperature, the higher the creep resistance of a material
is [63]. Titanium has a high reduced modulus and a high melting temperature. For that reason, tita-
nium is chosen as material for the flexures for now. Due to its properties, titanium is often used for this
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application [3, 4, 22, 67].

In this application, the flexures have to allow for multiple DOF. This can be done by putting two
flexures into series [63]. The cruciform flexure and the strip flexures can be combined into a single
flexure. By starting with a full cruciform form, and then removing the last part of the horizontal flanges,
the flexure also allows for rotation along the vertical axis. This concept can be seen in Figure 6.4b.
When doing the same at the other end of the cruciform flexure, also translation in the horizontal direc-
tion perpendicular to the flexure is allowed. This concept can be seen in Figure 6.4a.

(a) (b)

Figure 6.4: Renders of the two flexure types used to attach the spider to the rest of the structure. In a), the flexure with two
rotational and one translation degrees of freedom is given. In b), the flexure with only two rotational degrees of freedom is given.

The flexures were sized using hand calculations on the deflection of the spider under different load
cases. The load case depends on the flexure type under consideration. The first flexure to be sized
was the flexure allowing small rotations about the vertical z axis. When the flexure bends due to mis-
alignment or deployment errors, a moment will develop within the flexure which is transmitted to the
spider. The spider will also deform under the applied moment. When taking a limit allowed deformation
of the spider, a maximum moment can be determined. With this moment and the maximum rotation of
the flexures from the budgets, the dimensions of the flexure can be determined.

The deformation of the spider can be calculated using standard deformation cases from the Hand-
book of Solid Mechanics [58]. The spider is deformed by two moments on each end, which is repre-
sented by case 5 on page 349 of the book. The case is given in Figure 6.5.

Figure 6.5: Deflection of a beam under two moments applied on each end of the beam. Image taken from [58].

The deflection of the beam under the load specified in Figure 6.5 can be calculated by the following
equation [58]:

𝛿 (𝜉) = 𝑙ኼ
6𝐸𝐼 [𝑀ፀ (2𝜉 − 3𝜉

ኼ + 𝜉ኽ) + 𝑀ፁ (𝜉 − 𝜉ኽ)] (6.2)
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In this equation 𝛿 is the deflection of the beam, 𝑙 is the total length of the beam, 𝐸 is the Young’s mod-
ulus of the material of the beam, 𝐼 the moment of inertia of the beam, and 𝜉 is defined as 𝑥/𝑙, where 𝑥
is the location on the beam and thus 0 ≤ 𝜉 ≤ 1.

In this particular case the two moments on the ends of the spider are equal in magnitude and
direction (the flexures on each end are equal). Using the definition of a positive moment of 𝑀ፁ, it
means that 𝑀ፁ = −𝑀ፀ in Equation 6.2. This means that the equation can be rewritten to:

𝛿 (𝜉) = 𝑀𝑙ኼ
6𝐸𝐼 (𝜉 − 3𝜉

ኼ + 2𝜉ኽ) (6.3)

The maximum deflection occurs at 𝜉 = 0.2113. The maximum deflection of the spider under the
load was set to 0.5 micron. This is 1/30 of the maximum offset of the mirror and was seen as a good
first estimate.

For the torsional flexures, the same approach was used. The torsion of a beamwith a torque applied
can be calculated as follows [58]:

Θ = 𝑀፯𝐿
𝐺𝐾 (6.4)

Where 𝑀፯ is the applied torque, 𝐿 the length of the beam, 𝐾 the torsion constant of the cross section,
and 𝐺 the shear modulus. In Chapter 6, it was decided to produce the spider from thin walled rectan-
gular tubes bonded together. The torsion constant for a thin walled rectangular cross section can be
calculated with [58]:

𝐾 = 4 (ℎ𝑏)ኼ

2 (፭ +
፡
፭ )

(6.5)

Where ℎ is the height of the cross section, 𝑏 the width of the cross section, and 𝑡 the thickness of the
wall. For open cross sections build up from 𝑛 strips, another equation can be taken [58]:

𝐾 =∑
።

ℎ።𝑡ኽ።
3 (6.6)

In this equation, ℎ። is the height of one strip, 𝑡። is the thickness of the strip. A cruciform flexure can be
seen as two equal sized strips. The equation then simply becomes:

𝐾 = 2
3ℎ𝑡

ኽ (6.7)

With Equations 6.4-6.7 the dimensions of the flexure can be determined. For a maximum deflection
angle of the spider a value of 10 microrad was taken, which is 1/10 of the allowable deployment budget.
The rotation range the flexure has to provide was taken to be 200 microrad, which is the deployment
budget with a safety factor of 2. The results for both flexure types are given in Figure 6.6.

A material thickness of 0.5 mm was chosen, based on the flexures used by B. T. van Putten in his
thesis [62]. This results in a bending flexure length of about 1.7 mm and torsional flexure of about 26
mm. However, the edges of the flexures have to be rounded at the interface with the structure to prevent
high stress concentrations. To account for this, a first length of 4 mm was taken for the bending flexure,
and 31 mm for the torsional flexure. These flexure sizes are probably too large, since the stiffness of the
spider is underestimated. Currently, it is considered a straight beam, but due to cross links, the stiffness
will be larger in reality. However, since for now the main focus lies on determining the performance of
the midhinges, the flexures are taken as they are now.
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(a) Bending (b) Torsion

Figure 6.6: Results of the preliminary flexure sizing. In a) the required length of the bending flexure is given as function of
material thickness. In b), the required length of the torsional flexure is given as a function of the material thickness.

6.4. Conclusion
In this chapter the top level concept selection was performed for the spider, mirror interface, and top
hinges. These concepts are used as baseline in the analyses performed in next chapter. In the first
section, the layout of the spider was given. It was decided to make the width of the spider legs 9 mm.
With this width, the legs do not block any light of the M1 segments. Two cross beams were added to
increase the stiffness of the spider. The mirror itself is mounted on the circular section of the spider
with three blade flexures. The top hinge concept that was selected is a combination of a single DOF
hinge and flexures. The hinge allows for the large deflection required during deployment, while the
flexures allow for small translations/rotations to keep the system exactly constrained. The trade-offs
performed in this chapter are performed on a top level. When more information about the system
becomes available during the design process, the trade-offs have to be critically reevaluated to check
if the assumptions made are still valid.





7
Mid Hinge Concept Selection

It was decided to start the design process with the mid hinge concept selection. In the previous chapter,
the preliminary concept selection for the spider, mirror interface, and top hinges were performed. These
concepts form the baseline design for themid hinge concept selection in this chapter. The chapter starts
with the considered concepts for the mid hinge, followed by a section discussing the trade-off criteria.
During the process, it was found that extra analysis on the stiffness of the concepts was needed. This
was done by modal analysis in ANSYS. after that, the actual trade-off for the mid hinge is presented.

7.1. Mid Hinge Concepts
Before any concept selection can take place, first the concepts have to be generated. That will be
done in this section. An overview of the concepts considered will be given, after which the concepts
are explained in more detail.

To get from stored to deployed position, the hinges have to rotate over 180 degrees. After deploy-
ment the two halves should be locked in order to form a single, rigid boom. If the joint would not be
locked the system would have extra DOF, which makes the system underconstrained. Furthermore,
the locking and latching must be performed with high accuracy. Any errors in locking has a direct influ-
ence on the positioning of the secondary mirror. The options considered in this concept selection are
given below. These options were identified during the literature study.

• Ball bearing hinges
• Strain energy deployment hinges
• Shape Memory Composite (SMC) hinges

These concepts will be briefly explained in the following text.

7.1.1. Ball Bearing Hinge
This type of hinge is the more common hinge compared to the other two options. It consists of two
halves, joint together over an axle with ball bearings. The ball bearings supply a good load path be-
tween the two segments while keeping the contact area close to non-conform, limiting the nonlinear
behaviour of the system.

The advantage of this type of hinge is that after latching, it forms a stiff link and will resist rotations
over all axes. Furthermore, both the deployment and the locking can be made controllable, reducing
shock loads in the system [61].

The disadvantage of this type of hinge is that the mass is relatively high. This will have an influence
on the dynamic behaviour of the system. If the hinge needs to be locked, a separate locking mech-
anism has to be included in the design. This will increase both the complexity and the mass of the
system. The thermal conductivity of the hinge might be an issue as well. The contact area between
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the two hinge halves will be small to keep the accuracy of the system high. This will limit the thermal
conductivity between the two halves of the boom which can cause gradients, and with that deforma-
tions of the system [61].

HTS GmbH is currently developing a hinge of this type, the Articulated Boom Deployment System
Hinge (ABDS). This hinge has a latchmechanism included, together with a drivingmotor. It is developed
for articulated booms of 6 m and larger. In the current state, the hinge measures 185x98x247 mm with
a mass of 3.5 kg [24]. When this option is used, the current hinge design has to be downscaled to a
size more suitable for the DST. The development time for this is long, around 18 months according to
the company. In Figure 7.1, the ABDS hinge in its current form is presented.

Figure 7.1: The ABDS hinge system as developed by HTS GmbH. Image taken from [24]

7.1.2. Strain Energy Deployment Hinge
The working principle of this type of hinge is based on the elastic deformation of the hinge material.
When released, the stored elastic energy drives the deployment of the hinge up to the deployed state,
where the hinge is locked due to its shape. A good example are the tape springs, which work according
to the same principle as measuring tape. Another form of hinge is the integral hinge. This can be used
in a CFRP tube. At the location where the hinge is required, two opposite facing slits are cut into the
tube. This allows the tube to bend over this area. An example of an integral slotted hinge is given in
Figure 7.2.

(a) Deployed

(b) Stowed

Figure 7.2: An example of a integral slotted hinge in deployed and stored configuration. Images are taken from [45]

Since the hinge is self locking, the hinge system is a simple, lightweight solution. However, in this
application also the accuracy of the hinge is important. In several studies, it was proven that this type
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of hinges is capable of arsec deployment accuracy, although the accuracy is dependent on the shape
and material of the hinge. Some of the hinges do not reach this accuracy [5, 18, 23, 55, 61, 65]. Since
integral hinges are actually part of the boom, there are no contact points where the conductivity is hard
to predict. Besides conductivity, the CTE of the hinges are generally also very low [65].

Like all systems, this mechanism has also some drawbacks. First of all, the behaviour of the hinge
is dependent on temperature. In the Mars Express mission, one of the antennas did not deploy since
the low temperature decreased the internal moment in the hinge. This problem was solved by turning
the spacecraft, putting the hinge in sunlight which raised the temperature of the hinge [1, 49]. Further-
more, this type of hinge can suffer from creep. Due to long storage times, the response of the hinge is
influenced, resulting in a lower deployment torque and longer creep recovery times [6]. For the DST,
this would mean that the system is only fully deployed after the creep has recovered. Only then, the
optical system can be calibrated. In [55], a high precision hinge that fulfils the requirements for the DST
is presented. However, in the data presented a clear drift in some of the parameters can be seen.

One of the companies that have experience with integral hinges is SpaceTech GmbH in Germany.
This company designed the boom for the ESA JUICE mission. Some information concerning this boom
was obtained after a phone call with Mr. P. Greff, which is discussed below.

(a)

(b)

Figure 7.3: The integral slotted hinge as used in the design of the boom for the ESA JUICE mission. Image is taken from [25]

The hinges used in the JUICE mission were a one off product, since the design of this type of hinge
is very specific for the application. However, the size of the hinge is not very limited. The JUICEmission
uses booms with a diameter of 40 mm, but 60 mm shouldn’t be a problem either, just like diameters
below 40 mm. The thickness of the wall of the tube was 0.4 mm and the slotted area was about 20-25
mm long.

The deployment accuracy of the hinge is high. When giving the required alignment budget of 15
micron, Mr. Greff did not foresee problems. It would become difficult when sub-micron precision would
be required.

The stored energy within the hinges depend on the design. When there is no friction in the system,
the system will always deploy, albeit slower with lower levels of stored energy or higher inertia of the to
be deployed system. A high level of stored energy may result in overshoot during deployment. How-
ever, due to the design of the hinge, the hinge will eventually lock after a view oscillations. Dampers
or stops can be implemented to stop the system from overshooting, however this will add extra mass
to the system. Another point is the inertia. During deployment a high inertia will limit the deployment
speed, but can also cause overshoot. During operations high inertial forces due to high slew rates can
cause the hinge to collapse and fold again. No damage is done to the hinge when this happens, and
it will return to the locked position when in rest again. This could be harmful for the calibration of the
system though.
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The thermal properties of the hinge, and thus boom, are dominated by the layup of the fibres. The
hinge uses a layup of 0-(15-20)/90 degrees. There is still some room to play with the layup, but it is
limited. According to Mr. Greff, the system can be made with a CTE close to zero. The conductivity
cannot be changed that easily, only by varying the fibre type. At elevated temperatures the stowed
hinge can suffer from creep. The temperature at which this starts to be a problem is around 100
degrees Celsius. After deployment, the maximum allowable temperature depends on the matrix, and
will be around 200-250 degrees Celsius. To prevent creep, it is beneficial to deploy quickly after launch.

During locking, only small shock loads are introduced to the system. The shocks are lower than
during launch or due to spring loaded devices.

In the design, it is important to first find the required diameter of the booms. The diameter is in-
creased until the system is stiff enough while having a wall thickness less than 0.5 mm. This thickness
is about the limit with which still the folding of the boom is possible. To take the stiffness reduction due
to the hinge into account, the stiffness of the boom should be 20% less than the stiffness of the boom
without hinge. A summary of the phone call can be found in Appendix A.

7.1.3. Shape Memory Composite Hinges
The shape memory composite (SMC) hinges use the shape memory property of the material to actuate
the hinge during deployment. The hinge is made from a composite with a shape memory polymer. The
hinge is being produced in the deployed orientation. Before launch, the hinge is bend in the stowed
position. This has to be done at a temperature higher than the glass temperature of the polymer. When
the system has to deploy, the hinge is heated above the glass temperature of the polymer. At this tem-
perature, the hinge will start to move to its original position. When the hinge is then cooled below the
glass temperature of the polymer, the hinge is rigid again [9]. An example of a SMC hinge is given in
Figure 7.4.

Figure 7.4: An example of a SMC hinge. In the figure, the deployment sequence of the hinge is presented. Image taken from [9]

This hinge mechanism has several advantages for the DST. First of all, the complexity of the system
is low. There are no moving parts, and the hinge is formed by a small number of components. When
the SMC is combined with a tape spring, the stiffness of the hinge in deployed condition is high. Just
like with the strain energy hinges, the SMC hinges have a direct, continuous thermal path between the
two halves of the boom. This reduces the thermal gradients in the booms, and thus thermal deforma-
tions.

The disadvantage of this hinge is the limited accuracy that can be reached. The hinge that is
produced and tested by [9] reached a shape recovery of 99.994%. For a storage angle of 180 degrees,
the deployment error is then 0.01 degree, or 38.9 arcsec. According to earlier defined tolerances in
Chapter 5, this is not accurate enough for the application intended here.
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7.2. Trade-off Criteria
From the three hinge type concepts listed in this section, one has to be chosen to be designed in
more detail. However, since the SMC hinge cannot reach the required accuracy, only the ball bearing
hinge and the strain energy hinge are considered. The type of trade-off was chosen to be a weighted
average, just like the trade-off of the top hinge concept discussed in the previous chapter. The trade-off
criteria for this trade-off are slightly different from the previous trade-off due to the different function of
the hinges. The criteria are given below:

• Deployment accuracy: The mid hinges must be locked with high precision in order to reach the
required micron level precision.

• Complexity: More complex systems have a higher chance on failure.
• Mass: The mass of the system is an important factor in the launch cost. Since the goal of the
DST is to develop a relatively low cost high resolution telescope by decreasing the launch cost,
mass is an important factor in the design. Furthermore, the subsystem has to stay within the
given mass budget.

• Thermal behaviour: The mid hinges play an important role in the heat transport of the system.
A poor thermal conductance can introduce thermal gradients in the system and with that defor-
mations of the system.

• Post deployment stiffness: The stability of the optical system is important for the quality of the
images, and thus important to the success of the mission. The stiffness of the structure is an
important factor in the post deployment stability of the optical system.

The weights of each criterion is again determined by the use of the AHP method. The matrix used
in this process is given below. The criteria appear in the order as presented earlier.

⎡
⎢
⎢
⎢
⎣

1 2 3 1 1
1/2 1 2 1/2 1/2
1/3 1/2 1 1/3 1/3
1 2 3 1 1
1 2 3 1 1

⎤
⎥
⎥
⎥
⎦

(7.1)

From this matrix, the relative weights of the criteria can be obtained. The result is given in Table 7.1.

Table 7.1: The weight of the trade-off criteria relative to each other.

Criterion Weight
Deployment accuracy 0.26
Complexity 0.14
Mass 0.08
Thermal behaviour 0.26
Post deployment stiffness 0.26

The trade-off criteria and their relative weights are now determined. In order to perform a good trade-
off, first information on the performance on these criteria by the concepts have to be gathered. The first
three criteria can be assessed by looking at comparable systems or at the design of the concepts itself.
For the last two criteria , thermal behaviour and post deployment stiffness, more information is required.
At this point, the thermal design and environment are not yet detailed enough to perform an analysis
that provides useful data, the analysis would be accumulation of assumptions. It was considered that
the results would not provide any extra value to a top level reasoning. For that reason it was decided to
not perform a thermal analysis at this point. The other criterion is the post deployment stiffness. It was
chosen to base the mid hinge concept trade-off on the results of the modal analysis of the concepts.
The modal analysis will give an indication on the deployed stiffness of the concepts. Besides that,
the analysis will give the modal shapes, which can be used as an indication of the weak points of
the concepts. To prepare for the trade-off, the next section will present the modal analysis of the two
concepts considered.
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7.3. Modal Analysis
The stiffness of the concepts strongly influence the stability of the telescope. The modal response of
the system depends on both the mass and the stiffness of the system. The modal analysis was per-
formed with ANSYS, and checked by simplified hand calculations.

The difference between the CAD models will only be in the mid hinge, and thus the top and root
hinges are modelled the same. This also applies to the mirror, the spider, and the flexures. The pre-
liminary design of these components were discussed in the previous chapter.

After the full CAD models were build, the models were ready for preparation for the analysis, which
is mainly preparing the models for the meshing. In order to get a good mesh, some parts require some
smart slices and removal of split faces. The preparation is discussed after the subsections concerning
the design of the models. When models were ready, the analysis was performed. The results are
discussed at the end of this section.

In this analysis, three materials are used: titanium for the hinges, CFRP for the booms and spider,
and silicon carbide for the mirror. The properties of the materials used are listed in Table 7.2.

Table 7.2: Material properties used in the modal analysis.

Property Titanium CFRP Silicon Carbide
Density [𝑘𝑔/𝑚ኽ] 4620 1420 3100
Young’s modulus [GPa] 96 61.34 (x,y) 6.96 (z) 410
Poisson’s ratio [-] 0.36 0.3 (xz, yz) 0.04(xy) 0.14
CTE [10ዅዀ𝑚/𝑚/𝐾] 9.4 2.2 4

7.3.1. Hand Calculations
In order to perform a simple hand calculation, the model is simplified. The booms will be the dominant
feature in the stiffness of the system. The system can be modelled as a simple cantilevered beam with
a tip mass. The mass of the tip is in this case the combined mass of the hinges, spider, and mirror.
The total mass is 4.71 kg. This value was taken from the model used for the modal analysis, which is
discussed later.

The natural frequency of a structure can be calculated with the following equation [34, 58]:

𝑓፧ =
1
2𝜋
√ 𝑘
𝑚 (7.2)

Where 𝑘 is the stiffness of the structure. For a cantilevered beam, the stiffness is [34]:

𝑘 = 3𝐸𝐼
𝑙ኽ (7.3)

As stated before, the system has three booms. When all hinges would be locked, all three booms
would act as cantilevered springs, and the system stiffness would be simply three times the stiffness of
the boom. With this assumption, the eigenfrequency of the system with integral slotted hinges would
be 6.9 Hz. Taking the 20% decrease in stiffness due to the integral slotted hinge into account, the first
eigenfrequency decreases to 6.2 Hz. For the system with ball bearing hinges, the first eigenmode is
assumed to be similar to the first mode of the integral slotted hinge concept, so a translation of the
spider. It is assumed that the mass of the mid hinge will start playing a role in the second eigenmode
of the booms, not in the first. With this assumption, the first eigenmode of the system with three root
hinges locked is 13.4 Hz.

However, the root hinges are not all locked. If the structure starts to vibrate such that the second
boom hinges will rotate, the second boom is not bending, and the stiffness of the system is provided
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by only two booms. The first eigenfrequency in this case then reduces for the integral slotted hinge to
5.6 Hz, or 5 Hz with a stiffness reduction of 20% due to the integral slotted hinge. For the ball bearing
concept, the eigenfrequency is reduced to 10.9 Hz. It must be stated that this hand calculation only
takes the stiffness of the booms into account. The flexures and the spider stiffness are not considered
in this calculation. The hand calculations may thus be an overestimate of the results. the results of the
hand calculation is summarised in Table 7.3.

Table 7.3: First eigenfrequencies as found by hand calculations

Concept 3 booms 2 booms
Concept 1 6.2 5
Concept 2 13.4 10.9

7.3.2. Models
In the previous sections, some of the components of the model were already explained. In this section,
the models used for the first modal analysis are presented.

(a) Strain energy hinge (b) Ball bearing hinge

Figure 7.5: The models used for the first modal analysis. In a), the model using strain energy hinges is given. In b), the model
with the ball bearing hinges is given.

The main difference between the two models is in the booms. The model with the strain energy
hinge (Figure 7.5a) has booms with a thickness of 0.5 mm. This thickness was based on the thickness
limitations of the strain energy hinge explained by P. Greff of SpaceTech GmbH. The hinge is created
by cutting out two slots in the boom. The radius of the slot is 17.5 mm, and the centres of the curvature
are 250 mm apart. The lowest centre is 425 mm above the root of the boom.

The thickness of the boom for the ball bearing concept is not limited. It was chosen to take a thick-
ness of 2 mm to make the difference between the two concepts large, since the larger thickness of the
boom is an advantage of this concept. The hinge itself was modelled as a simple, solid part that could
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not rotate. The ball bearing and strain energy hinges are located at the same place in the boom.

After the models were created in CATIA, they were imported in ANSYS for the analysis. Before
any analysis could be performed, the models first had to be prepared. The spider and the top hinges
were sliced in several subparts in order to get sweepable bodies. The subparts still formed a single
part in the model, so a continuous mesh was formed. Some surfaces were split in several faces due to
conversion errors from one software to the next. Split surfaces were repaired, which will increase the
number of hex elements in the model and increase the quality of the mesh.

The booms, the spider flexures, and part of the spider were made into midsurfaces. This was done
because the thin shells would result in a very poor mesh. When transformed into midsurfaces, the
mesh quality increased significantly, the skewness went to close to zero and orthogonal quality close
to one. Only the central circle of the spider was not modelled as midsurfaces, since this gave problems
during meshing. The circle was sliced in six subparts of which four were sweepable. This left only
relatively small parts that could not be sweeped, and had a bad quality mesh. The meshes used for
the analysis can be seen in Figure 7.6.

(a) Top part of the strain energy hinges concept mesh. (b) Lower part of the strain energy concept mesh.

(c) Top view of the ball bearing midhinge concept mesh. (d) Lower part of the ball bearing midhinge concept mesh.

Figure 7.6: Mesh quality of both concepts.

Both models were subjected to the same boundary conditions. The top hinges were not locked and
modelled as revolute hinges. Two of the root hinges (the two most left in the figures) were modelled
as revolute hinges with the ground as base. The last root hinge was modelled to be latched, and thus
a fixed link was used. The contact between the remaining components were modelled as bonded
contacts. The results of the modal analyses are the first six eigenfrequencies of the model, together
with their modal shapes.

7.3.3. Results
The results of the first modal analysis are presented in this section. The eigenfrequencies of the two
concepts are given in Table 7.4. In Figure 7.7a, it can indeed be seen that the second boom does not
bend during the modal displacement, but rather it hinges over its top and root hinges. The two boom
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approximation in the hand calculation is thus valid.

Table 7.4: Results of the first modal analysis. The table gives the results of the first 6 modes of the concepts, given in Hertz.
Concept 1 is the concept with the strain energy hinges, concept 2 is the concept with the ball bearing mid hinges.

Mode Concept 1 Concept 2
1 4.16 7.66
2 4.30 8.32
3 10.30 20.94
4 22.62 23.82
5 23.06 27.81
6 31.61 36.81

Comparing these results with the hand calculations, it can be seen that the calculations using two
booms are closer to the ANSYS results. For the integral slotted hinge concept, the difference is about
0.8 Hz. For the ball bearing hinge concept, the difference is larger. This difference can be explained
using the modal shapes given in Figures 7.7 and 7.8. Especially for the ball bearing hinge concept, the
flexures and spider seem to have a large influence on the modal shape of the system. The stiffness
of these parts are not taken into account in the hand calculations. By comparing the simplified hand
calculations and the ANSYS results, it can be concluded that both results are similar. It is important to
note that even though the hand calculations seem to agree with the ANSYS results, it is important to
perform tests on the system to validate the results. This means that the results of the analysis can be
used for the trade-off, although a critical attitude towards the results must be kept.

In Table 7.4, it can be seen that the concept with the ball bearing hinges has higher eigenfrequen-
cies. Especially in the first three modes the difference is in the order of 2. In the higher modes, the
difference becomes relatively less. Although the eigenfrequencies are higher, the first eigenfrequency
is low in both cases.

Next to the frequencies, ANSYS also gives the modal shapes of the concepts. The modal shapes
are given in Figures 7.7 and 7.8. From these figures, it can be seen that the modes are similar in both
concepts. However, some of the modes are swapped. Mode 1 and 2 are swapped, and modes 4 and
5 are swapped.

Furthermore, it can be seen that the flexures are allowing for themovement where they are designed
for. However, in this analysis these movements become unwanted. This influence of the flexures to
the modal response of the system has to be investigated.

In eigenmode 5 of the integral slotted hinge concept and mode 4 of the ball bearing mid hinge con-
cept, it can be seen that the top hinges play a significant role in the movement. This can better be seen
in Figure 7.9, where a front view of the 5፭፡ eigenmode of the integral slotted hinge concept is given.
Apart from the top hinges, it looks like the root hinges have also a role in the modal shapes of the
concepts. Especially modes 1 and 2 of both concepts seem to be influenced by the degree of freedom
of the hinges. Since it looks like the hinges have a significant role in the eigenmode, it is interesting to
investigate what the response of the system is when all the hinges are locked after deployment, both
root and top hinges.

These possible investigations is for a later stage in the design. First, the mid hinge concept has to
be chosen. That will be done in the coming section.
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(a) Mode 1 (b) Mode 2 (c) Mode 3

(d) Mode 4 (e) Mode 5 (f) Mode 6

Figure 7.7: Modal shapes of the strain energy concept. Each subfigure is one of the modes of the concept. The frequencies can
be found in Table 7.4
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(a) Mode 1 (b) Mode 2 (c) Mode 3

(d) Mode 4 (e) Mode 5 (f) Mode 6

Figure 7.8: Modal shapes of the ball bearing midhinge concept. Each subfigure is one of the modes of the concept. The
frequencies can be found in Table 7.4

Figure 7.9: Front view of the modal deformations of the strain energy hinge concept for eigenmode 5.
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7.4. Mid Hinge Trade-off
In Section 7.2, the trade-off criteria for the mid hinge were discussed. With these criteria, the actual
trade-off could be made. The performance of the two concepts for each criteria will first be discussed,
after which the trade-off table is given.

7.4.1. Deployment Accuracy
Industry experts in the field of integral slotted hinges believe that the deployment accuracy of 15 mi-
cron will not pose a problem, It is believed that it can become a problem when sub micron deployment
accuracy is required.
The ball bearing hinges do not have a problem with this criterion, as the hinges of the JWST demon-
strates, although the ball bearings can introduce hysteresis and backlash into the system when not
designed properly. This means that both hinge types score good on this criterion.

7.4.2. Complexity
The complexity of the strain energy hinge is low during operations, since there are no moving parts
involved. All the movement of the hinge is provided by the flexibility of the material. On top of that, the
locking is provided by the shape of the boom itself.
The complexity of the ball bearing hinge however is high. It will involve multiple moving parts, together
with a locking system for after deployment. This increases the risk of failure during deployment.

7.4.3. Mass
The strain energy hinge concept has has a low mass. The hinge is part of the boom itself, made out of
CFRP, without any added parts. This keeps the mass of the system low. The ball bearing mid hinge
concept has a higher mass. Since the hinge has to be locked after deployment, the mass increases
more.

7.4.4. Thermal behaviour
Since the hinge is part of the boom, there is a continuous thermal connection between the top and
bottom of the boom. On top of that, the fibres of the boom and hinge can be made such that the net
CTE in the axial direction can be made close to zero. The ball bearing hinge concept does not have
a continuous thermal path between the two ends of the boom. The contact area between the hinge
halves has to be kept to a minimal for an accurate deployment result. This however increases the
thermal resistance over the hinge, making gradients within the boom bigger. The CTE of the hinge
depends on the material chosen. When a metal would be chosen, invar would have the lowest CTE
with an expansion of about 1.6 ⋅ 10ዅዀ m/mK.

7.4.5. Post deployment stability
The strain energy hinge concept is simple, but due to the cutout in the boom the stiffness of the system
is decreased. According to Mr. P. Greff, the stiffness is decrease by about 20%. On top of that, the
concept limits the wall thickness of the boom. The ball bearing hinge concept has a stiff link connecting
both sides of the boom after deployment. Besides that, the wall thickness of the segments is not limited,
increasing the stiffness of the system. This result could also be seen in the results of the modal analysis
presented earlier. The ball bearing hinge concept had especially in the first three modes an advantage
over the integral slotted hinge concept.

7.4.6. Trade-off Results
From the trade-off in Table 7.5, it can be concluded that the hinge with the most potential is the strain
energy hinge. Although the scores of the ball bearing hinge concept and the strain energy hinge concept
on thermal behaviour and post deployment stiffness cancel each other, the strain energy hinge concept
wins on the lower complexity andmass. The concept selected for the mid hinge is a strain energy hinge,
to be more specific the integrated slot hinge.
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Table 7.5: Trade-off table for the concept trade-off of the mid hinge concept.

7.5. Conclusion
In this chapter, the concept selection of the mid hinge was treated. Three hinge concepts were consid-
ered for the trade-off for the mid hinge: ball bearing hinges, integral slotted hinges, and shape memory
composite hinges. The shape memory composite hinges deemed not accurate enough, and were dis-
carded from the trade-off. In order to determine the effect of the integral slotted hinge on the boom
stiffness, a modal analysis was performed on both remaining concepts. Apart from the mid hinges, the
models were kept equal. The results from ANSYS were compared to simplified hand calculations. The
results were comparable, but it was also noted that test are required to validate the results, and that
a critical attitude towards the results have to be kept. The results of the modal analysis indicated that
the ball bearing hinge concept had higher eigenfrequencies. The difference is especially clear in the
first eigenmodes. These results were taken into consideration during the trade-off. The result of the
trade-off was that the integral slotted hinge concept was selected. The main advantages of the integral
slotted hinge over the ball bearing hinge were the thermal properties, the low complexity, and mass of
the integral slotted hinge.





8
Effect of Design Parameters on the

System Eigenmodes
In the previous chapter, a modal analysis was performed to compare the two concepts considered in
the trade-off for the mid hinge. From this analysis, several observations were made. This chapter
will elaborate on these observations by checking the effect of changing the dimensions of the system
components on the modal response of the system.

8.1. Design Parameters
As stated before, several points of investigation were determined after the first modal analysis. In
this section, the points that were considered in the second modal analysis are presented with a small
description why it is a point of interest.

• Four booms. In Chapter 5 it was decided to decrease the number of booms of the system from
four to three booms. One of the concerns of going to three booms was that the system would
loose in stiffness, and that the modes would become more complex. With this analysis, the effect
of going to three booms will be investigated.

• Boom wall thickness. The boom wall thickness has influence on the stiffness of the boom.
However, the influence of the wall thickness on the stiffness of the total structure is unknown.
This question is interesting, since the currently used concept is restricted in wall thickness.

• Boom deployment angle. In the current concept the deployed booms are not parallel. To test
the hypothesis that the structure would be stiffer when the booms are not parallel, this case is
investigated in this analysis.

• Width spider. In Figure 7.7f it can be seen that the spider has a role in the higher eigenmodes
of the system. To investigate the effect of the width of the spider to the overall stiffness of the
system, it was increased. The results from this analysis will be important in the trade-off between
system stiffness and optical performance.

• Boom diameter. The boom diameter is an important factor in the design of the boom, as it
determines the area moment of inertia of the boom. The diameter is limited due to practical
reasons, since a larger diameter might not work with the selected mid hinge. To see the effect of
increasing the boom diameter on the system behaviour, a larger boom diameter was used. The
results could be helpful for the trade-off between increased boom stiffness and larger development
risks of the boom.

• Locked hinges. As was explained in the section concerning the mid hinge trade-off, it seems
that the top- and root hinges play an important role in the stiffness of the system. For that reason,
an analysis is run with locked hinges. This would probably mainly influence the first two modes,
together with mode 5 (Figures 7.7a, 7.7b, and 7.9).

61
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• Flexures. In the previous analysis, it could be seen that the flexures participate actively in the
vibrations. To investigate the effect of the flexures on the stiffness of the system, an analysis has
to be performed without flexures build in the system. To be clear, these are the flexure between
the spider and the boom. The flexures of the mounting of the secondary mirror are still in place.

The results of these analyses will be given in this chapter. But first, the solid models used will be
explained in the next section.

8.2. CAD Models
In this section, the models used for the analysis will be briefly introduced. In order to get a good
comparison of the results, each model is only changed on one of the aspects explained before. All
the models will be based on the current design iteration, a structure having three booms with integral
slotted hinges.

8.2.1. No Flexures
The role of the flexures has to be investigated in order to make a good trade-off between including
flexures to make the system exactly constrained or to leave them out to increase the stiffness of the
system. In the model, the flexures were removed and the spider was extended to keep the overall
shape of the model constant. The interface between the hinge and the spider is not designed, for now
it is assumed the components are bonded together. The CAD model is given in Figure 8.1a.

(a) Model without flexures (b) Thick spider model

Figure 8.1: CAD models as used for the modal analysis of the concept without flexures (a) and the thick spider model (b)

8.2.2. Width Spider
In the first modal analysis it was observed that the spider participates in certain modes. The hypothesis
is that when increasing the width of the spider, the frequency of this mode will increase. However, the
mass of the system will also increase, possibly decreasing the frequency of other modes. In order to
test the hypothesis, the spider width was increased from 9 mm to 20 mm, with a wall thickness of 4 mm.
This means that part of the spider will be above primary mirror segments. The results of this analysis
can provide information useful for the trade-off between the stiffness of the system and the blocking of
the primary mirror segments, and thus the optical performance.

8.2.3. Boom Wall Thickness
The model for the boom wall thickness has to be altered in two ways. First of all, thicker walls would
not work for the integrated slotted hinge. For this, a model without hinges in the booms is made,
while keeping the wall thickness unaltered (0.5 mm). Then, a second model is made with a larger wall



8.2. CAD Models 63

thickness. This approach gives also insight in the effect of the hinges in the booms. The CAD model
used in these analyses is given in Figure 8.2b. The difference between the two hingeless models is
only in the wall thickness of the boom, and cannot be seen from the figure, thus only one of the models
is presented here. The wall thickness of the second model was increased from 0.5 mm to 2 mm.

8.2.4. Parallel booms
One of the changes between the previous and current design iteration is that the booms are tilted with
reference to each other in the current design iteration. To test the effect of the orientation of the booms,
an analysis with parallel booms was performed. The model can be seen in Figure 8.2a.

(a) Parallel booms model (b) Hingeless boom CAD model

Figure 8.2: CAD models used for the case with parallel booms (a) and hingeless (thicker) booms (b).

8.2.5. Locked Hinges
When looking at the modal shapes in Figure 7.7, it can be noted that the hinges play an important
role in the movement of the system. The hinges are required for the deployment of the system. After
the system is deployed, the only function of the hinges is to keep the system exactly constrained. In
ANSYS, all the revolute joints were changed to fixed joints. Since this change is made in the model in
ANSYS, no changes had to be made in the solid model itself.

8.2.6. Four Booms
This analysis was performed to see the effect of removing one boom from the design. As stated in
Chapter 5, the trade-off between three and four booms had to be revisited when more information was
present. In order to be able to add an identical boom, the spider was extended. The CAD model used
for this analysis is given in Figure 8.3a.

8.2.7. Larger Boom Radius
An important design parameter is the radius of the booms. The baseline design has a radius of 35 mm.
This was based on the discussion with Mr. P. Greff. The hinge SpaceTech produced had a radius of
20 mm, but this could be increased to 30-35 mm without a problem. Since the diameter of the boom
determines the inertia of the boom, a radius of 35 mm was chosen. It was said that bigger diameters
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could be possible, but from a diameter of 100 mm, problems could arise. To see the effect of the boom
diameter, a model with a boom diameter of 90 mm was taken. The model was based on the parallel
booms concept due to earlier found results. In the results that will explained later, it can be seen that
the orientation of the booms is less important than the spider length. The model used is given in Figure
8.3b.

(a) Four booms model (b) Larger boom radius model

Figure 8.3: The models for the four boom concept and the larger boom radius concept used in the analyses.

8.3. Results
As in the previous analysis, it was performed in the Modal application of ANSYS. The meshes were
created in the same manner as in the previous analysis. The root hinges were modelled as body-to-
ground revolute joints for two of the hinges, and one body-to-ground fixed joint. The top hinges were
modelled as body-to-body revolute joints. The exception is the base model with latched hinges. In this
concept, all joints are fixed joints. The results of the analyses are given in Table 8.1.

Table 8.1: Results of the modal analysis for the different design concepts. All frequencies are in Hertz

Concept Mode 1 Mode 2 Mode 3 Mode 4 Mode 5 Mode 6
Base 4.2 4.3 10.3 22.6 23.1 31.6
Parallel booms 4.3 4.3 10.1 25.2 30.7 47.5
Thick spider 4.0 4.1 9.8 25.6 30.1 52.3
Latched hinges 5.6 6.0 10.3 22.6 31.1 32.6
No flexures 4.5 4.6 14.4 26.2 36.9 37.91
Four booms 3.8 4.0 10.4 22.5 30.8 32.0
Larger boom radius 5.7 5.8 13.4 26.4 30.1 49.4
No boom hinges 4.8 5.1 13.0 23.1 25.2 34.9
No boom hinges, thick
boom

7.8 8.1 21.1 23.2 28.4 34.7

From the results given in Table 8.1, several conclusions can be drawn. In the table, Base is the
concept as it was after the hinge concepts selection and will form the reference to which each concept
will be compared to. The comparison will be done in the sections below.
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8.3.1. Parallel Booms
The modal shapes of the parallel system were the same as those of the baseline. Furthermore, in Table
8.1 it can be seen that the frequency of the first three eigenmodes are very close. The influence of the
boom orientation is thus very limited to not present. This can be caused by the limited angle obtained
due to the limited storing volume. In the higher modes, especially modes 5 and 6, the parallel booms
concept has significant higher frequencies. These higher modes are linked to the movement of the
spider. Since the legs of the spider are smaller on the parallel boom concept, the eigenfrequency for
these modes are higher on the parallel booms concept. The results suggest that the orientation of the
booms do not influence the eigenmodes of the system, but due to the change in spider size, the higher
eigenmodes have significantly higher eigenfrequencies. It is thus beneficial to have a spider leg size
as small as possible.

8.3.2. Thick Spider
The first observation made by looking at the results was that the modal shapes of the system are similar
to those of the baseline. Then, comparing the frequencies of these eigenmodes in Table 8.1 it can be
seen that the frequency of the thicker spider in the lower modes is lower than the baseline. This can
be explained by the fact that these lower modes are dependent on the booms. Since increasing the
spider dimensions do not increase the stiffness of the booms, but do increase the mass in the top of the
system, the frequency of these modes is lower. In the table, it can also be seen that the frequencies
of the higher modes are higher than the baseline, and close to those of the parallel booms concept.
It can also be seen from the modal shapes that the modes dependent on the spider stiffness mainly
have deflection in the outer parts of the spider, thus after the cross beams. Since the first modes are
influenced by the mass of the spider rather than the stiffness, it is important to keep the mass down.
When the frequencies of the higher modes need to be increased, this can be done by increasing the
outer parts of the legs of the spider, but keep the cross beams and the spider between the cross beams
unaltered.

8.3.3. Latched Hinges
The results of the system with latched hinges can be seen in Table 8.1. However, these results can be
misleading, since modes 5 and 6 of the locked hinge model are not the same as mode 5 and 6 of the
baseline model. It seems that mode 5 of the locked hinge model is similar to mode 6 of the baseline
model, and mode 6 of the locked hinge model is similar to mode 5 of the baseline model. The modal
shapes of mode 5 and 6 of the locked hinge model are given in Figure 8.4.

Looking at the frequencies of the modes in the table, it can indeed be seen that the locking of the
hinges has an effect on modes 1, 2, and 5 of the baseline model. Both modes 1 and 2 have an increase
of about 1.5 Hz, while for mode 5 the eigenfrequency was increased from 23.06 Hz to 32.57 Hz, almost
10 Hz higher. In the other modes, the effect of locking the hinges seem negligible.

Comparing the results for the latched hinges model with the hand calculations performed in the pre-
vious chapter, it can be concluded that the results are close to the hand calculation considering three
booms (see Table 7.3). This means that the increase in eigenfrequency as calculated by ANSYS and
by hand when latching the hinges agree with each other.

8.3.4. No Flexures
The modal shapes of the first three modes are very similar to those of the baseline model. There is a
difference in the higher order modes though. Due to the increased stiffness in the joint between the
spider and the boom, mode 4 of the baseline becomes mode 5 in this design. The higher order modes
can be seen in Figure 8.5.

From the results, it can be seen that the effect of the flexures on the two lower order modes is
present, but is in the order of 0.3 Hz. For the third mode, the influence is larger, about 4 Hz. The largest
influence is in the higher order modes. Modes 4 and 5 are swapped, and the increase in frequency of
mode 5 in the baseline is about 3 Hz, where mode 4 in the baseline is increased with about 14 Hz. The
last mode investigated in this analysis is increased with about 6 Hz.
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(a) Mode 5 (b) Mode 6

Figure 8.4: The modal shapes of the locked hinge model, mode 5 and mode 6.

The presence of the flexures can thus partially explain the difference between the hand calculations and
the ANSYS results, presented both in this chapter as in the previous chapter. Especially in the higher
order modes, the effect is visible. Looking only at stiffness, it is better to discard the flexures in the
design. However, when they are included, it is important to make them as stiff as possible. Since the
flexures are based on the deflection of the spider and the booms, an increase in stiffness of the flexures
can be realised by increasing the stiffness of the booms and spider, or by allowing more deformation
in these components due to the forces needed to deform the flexures.

8.3.5. Four Booms
Looking at the results in Table 8.1, it can be seen that the four boom option has a lower eigenfrequency
than the baseline for the first two modes. The shapes however, are similar. The increase in mass is
thus more significant than the possible increase in stiffness of the system. It is also noticed that the
first two eigenmodes are not equal, although the system looks symmetrical on first hand. However, the
booms are attached to the spider with two different flexure types. One of the types is stiffer than the
other type. The difference between the two types is that the first type allows rotation around two axes,
while the other type allows the same rotations, but has an additional tranlation DOF. The flexures are
given in Figure 6.4 in Chapter 6.

The result was checked with a simple hand calculation. It is noted that the added boom does not
necessarily add stiffness to the system due to the fact that it is hinged. The mass of the system is
increased to 5.067 kg. The hand calculation gave an eigenfrequency of 4.9 Hz, which is lower than the
thee boom option.

The effect on modes 3 and 4 is very small. But due to the extra connection of the spider to the
ground, the fifth mode in the base model does not show up in this analysis of the four boom option.
It is replaced by a mode which is similar to mode 6 of both models. The three higher order modes of
the four boom option is given in Figure 8.6. The results of this analysis suggest that the reduction in
stiffness by removing the fourth boom in the previous design iteration is limited.

8.3.6. Larger Boom Radius
Since this model was based on the parallel boomsmodel instead of the baseline model, the comparison
should also be made with the parallel boom model results. In Table 8.1, it can be seen that in the three
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(a) Mode 4 (b) Mode 5 (c) Mode 6

Figure 8.5: The higher order modal shapes of the model without flexures between the spider and the hinges.

lower order modes the larger boom radius results in higher eigenfrequencies. The difference is about
1.5 to 3 Hz. In the higher order modes, the difference is present, but is less significant. The boom
radius does influence the stiffness of the system, but due to the limited range of possible boom radii,
the difference is limited as well. Since from a production and development point of view the boom with
a diameter of 90 mm forms a higher risk, the current diameter of 70 mm is the better choice.

8.3.7. Hingeless Boom
This analysis has two goals. It sets a baseline for the thicker wall concept, since a thicker wall is not
possible with the current hinge. The other goal is to verify the simulation for the hinge used. The re-
duction in stiffness of the boom by the hinge is about 20%. A reduction of about 20% will reduce the
eigenfrequency by about 0.89 due to the square root in the equation for eigenfrequency.

From the results given in Table 8.1, it can be seen that indeed the hingeless concept has higher
eigenfrequencies than the baseline. When looking at the modal shapes, it can be noted that modes 4
and 5 have swapped, thus mode 4 in the baseline is mode 5 in this analysis. The ratio between the
eigenfrequencies for the first four eignenmodes range between 0.79 and 0.89, which indicate that the
simulations might be a concervative estimation of the stiffness of the system, especially in the third
eigenmode. The ratio at the fourth eigenmode is 0.89. The ratio at the two highest order modes range
from 0.9 to 1. This can be explained by noting that these modes do not have only a contribution from
the booms, but also from the spider.

8.3.8. Increased Wall Thickness
In order to investigate the effect of increasing the wall thickness of the booms, the thickness was
increased to 2 mm. Since this is beyond the maximum thickness of the hinges, a hingeless boom
was taken. The results are listed in Table 8.1. From the results, it can be concluded that the modes
dominated by the boom properties show a significant increase in eigenfrequency. The effect on the
modes 5 and 6 is very small. Although the eigenfrequency increased significantly, it is still below 10 Hz
for the first two eigenmodes. The main driving factor for the low eigenfrequencies is a result from the
shape of the system.

8.3.9. General Observations
After the previously discussed cases were analysed, a general trend was noted. Looking at all the
modal shapes of all cases, it was observed that the difference between all the concepts were limited.
The overall shape of the system determines to a great extend the first eigenmodes of the system. The
design changes tested in this chapter do influence these first eigenmodes, but the effect is limited. It
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(a) Mode 4 (b) Mode 5 (c) Mode 6

Figure 8.6: Modal shapes of the three higher order modes of the four booms concept.

was also observed that the top of the system, thus the spider andmirror, have a large translation relative
to the base. By restricting this motion the eigenfrequencies would increase, and with that the relative
motion during vibrations would decrease. An additional solid link between the spider and the instrument
bus would be optimal, but since the structure is deployable, this would increase the complexity of the
system. Another option is to use cables in tension between the spider and the instrument bus. This
will be discussed in more detail in the next Chapter and in Chapter 11.

8.4. Conclusion
In this chapter, the influence of several design parameters on the eigenmodes of the system was
investigated. The first conclusion drawn was that the orientation of the booms do not contribute to
the stiffness of the system. The length of the spider however does influence the eigenmodes. It is
thus more beneficial to decrease the size of the spider. This will result in parallel booms in deployed
configuration.
Next, it was seen that the introduction of integral slotted hinges do indeed reduce the stiffness of the
booms with about 20%. This is in agreement with what was suggested by SpaceTech which has
experience with these hinges, and this can be used as an argument for the verification of the models.
However, a full test would give the final validation.
In this chapter, the spider width was also increased. A more stiff spider has mainly effect for the higher
eigenmodes. Furthermore, the effect of increasing the boom diameter is present, but this effect is not
worth the increase in development cost of the integral slotted hinge.
The main conclusion from this chapter is that the shape of the system determines the eigenmodes.
Since the system requires long, small booms with a top mass attached to it, the eigenmodes of the
system will be low. The effect of the parameters checked in his chapter is limited.
It was observed that the first eigenmodes of the system have a large translational motion of the spider.
It was suggested that this movement could be limited by introducing a wire into the system. This option
is discussed in the coming chapter.
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Design Iteration based on Modal Results
The results of the modal analyses discussed in the previous chapter form the input for the redesign
of the SMSS discussed in this chapter. It was concluded that some design parameters had a large
influence on the eigenmodes of the system, while others have little effect. In this chapter, the designs
of the cable configuration, the spider, the mirror interface, and the flexures will be discussed. In the last
section, the conclusions drawn in this chapter are given.

9.1. SMSS Design with Cables
As stated before, the top of the SMSS tends to move relative to the base in the first eigenmodes.
Limiting these movements will increase image quality. Adding additional deployable booms to link the
spider and the instrument bus would increase the complexity of the system. Another option to reduce
the movement of the M2 is to use cables. However, circular cables scatter light. After a discussion
with the optical group, it was agreed that ribbons could be used. Ribbons have a square cross section,
which is better for the scattering analysis.
For a first design, the ribbons were attached close to the centre of the spider. The ribbons are then
attached to the instrument bus at the root hinge. This orientation will form a triangle shape with the
spider and the boom. The preload device used to preload the ribbons should be mounted at the root
of the system, close to or on the instrument bus. When the preload device would be mounted on the
spider, the mass at the tip of the boom would increase, decreasing the eigenfrequencies of the system.
In this layout, the ribbons are crossing the M1 segments. However, the M1 segments have a 9 mm
gap between them. Thus with a ribbon width less than 9 mm, there will be no interference between the
ribbons and the M1 segments. This system layout is given in Figure 9.1.
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Figure 9.1: The CAD model of the redesign as performed after the results of the modal analyses presented in this chapter. Note
that the ribbons intersect the root hinges. This is because the root hinges are not designed in detail yet.

This layout will improve the performance of the system in the first two modes. However, the ribbons
will be in the same plane as the spider-boom assembly. This means that the torsional stiffness of the
system is not affected. The design of the ribbon is discussed in more detail in Chapter 11.

9.2. Spider
The orientation of the deployed booms was changed to parallel in Chapter 8. This means that the
length of the spider can be decreased, which is beneficial for the higher eigenmodes of the system.
Apart from that, it was noted that the width of the spider has a large influence on the higher eigenmodes.
Discussing this with D. Dolkens, the spider width was increased to 15mm. This leaves a 2.5 mmmargin
with the area used for aligning the M1 segments. This increase in width is only applied on the outer
parts of the spider. The width of the inner part, between the cross links, is kept at 9 mm. This was
done since the cross links and the circle increase the stiffness of the inner part, and a larger width
would increase the mass of the system. A further mass reduction was to reduce the wall thickness
of the inner part of the spider to 1 mm. The height of the spider was also increased based on the
modal results for the higher modes. The height was set to 60 mm in the inner part of the spider. Since
the spider is connected to the booms with hinges, the outer parts of the spider do not take up any
moments. This means that the height of the spider at the ends can be lower. It was decided to make
the ends of the spider 15 mm high, which is increased linearly to 60 mm at the location the cross beams
are attached. This tapered design represents the momentum line which is applied to the structure. A
render of the new spider is given in Figure 9.2.
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Figure 9.2: Render of the updated spider design.

9.3. Mirror Interface
The focus of the first design of the system was on the design of the mid hinges. For the other subsys-
tems a quick first design was taken to make a first modal analysis possible for the mid hinge trade-off.
This is also true for the mirror interface. In this initial design, three blade flexures were used to mount
the mirror to the spider. In this section, the design of the mirror interface is discussed in more detail.
First the concepts found in literature are discussed below. The concepts taken into account are the
following:

• Hard mount
• Clips
• Elastomer
• Bonded
• Kinematic mount
• Flexure mount

9.3.1. Hard Mount
In this type of mount, the mirror is clamped between rigid parts of the mount. A preload is applied to
ensure the mirror stays in contact with the mount. The retainer ring has often a loose fit within the inner
thread such that it can align itself during tightening. The alignment of the mirror can be provided by
precision milled pads within the mount that contact the back of the mirror and pads to provide radial
alignment. Another option is to use temporary centering crews to align the mirror radially. After tighten-
ing the retainer ring, epoxy is applied through holes in the cell to fix the mirror, after which the centering
screws can be removed [68]. Care must be taken that no moment is applied to the mirror, and thus
that the preload forces are in line. These two forms are given in Figure 9.3.

The advantage of these mounts is the simplicity. On top of that, the production and assembly of the
system do not require special techniques. The disadvantage is that the mount can introduce stress to
the mirror during temperature changes [68].

9.3.2. Clips
Another form of mounting the mirror is to use clips that provide a preload force on the mirror. The mirror
is pressed against the mounting cell. The axial position of the mirror can be controlled by the back of
the mirror mount, at which the mirror is pressed. The radial alignment is done in a similar matter as
with the hard mount. This still introduces problems with stress during temperature changes [67]. An
example of a mount using clips to provide preload is given in Figure 9.4.
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(a)

(b)

Figure 9.3: Two examples of hard mounts used to mount a small mirror. On the left, an example using a tangential mount at the
back of the mirror and pads for radial alignment is given. On the right, a mount using radial temporary alignment screws is given.
After the mirror is aligned, the mirror is fixed with epoxy, after which the temporary screws are removed. Both images are taken
from [68]

Figure 9.4: Mirror mount using clips to provide preload to the mirror. Image taken from [67].

In order to mount the clips, the mounting cell has to be large and may start to interfere with the light
path of the M1 segments. Another option is to extend the mirror back side, which makes the mirror
design more complex and may increase the mass of the system.

9.3.3. Elastomer
Both the hard mount and the mount using clips have the problem of thermal stress. A method to
decrease the stress in the mirror is by bonding the mirror to the cell with an elastomer. The elastomer
fills the gap between the cell and the mirror. The gap can be adjusted such that the overall CTE of the
mount equals that of the mirror [67]. An example of an elastomer mount can be seen in Figure 9.5.

Elastomer mounts require a cell larger than the mirror, since the mirror has to fit within the cell. In
the current design of the mirror, this might prove a problem due to the non-standard shape of the mirror.
Apart from that, the cell might start to interfere with the light path of the M1 segments. Besides that,
system athermalisation is more difficult with such a design.

9.3.4. Bonded
The simplest method is to bond the mirror directly to the SMSS. Not the entire back side of the mirror
has to be bonded, a small section may suffice. The thermal stress due to difference in CTE of the mir-
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Figure 9.5: Example of an elastomer mount. Image taken from [67].

ror and the SMSS depends on the size of the bonded area [3, 67]. Due to the direct contact between
the mirror and the SMSS, athermalisation of the entire system will be more difficult to implement. An
example of a bonded mirror is given in Figure 9.6.

Figure 9.6: Example of a mirror mounted to its support structure by an adhesive. Image taken from [3].

9.3.5. Kinematic Mount
A commonmethod of mounting an optical element without introducing thermal stress into it, is mounting
the mirror with a kinematic interface to the support structure. An example of a kinematic mount for an
optical element is given in Figure 9.7.

On Earth, normally the gravity is providing the preload. In space this is not possible, and another
mechanism has to be used to provide preload. One way is by connecting a spring in the centre of the
mirror. Although the mirror mount is made athermal, it is hard to athermalise the entire system with this
type of mount. This is due to the fact that the mirror is mounted close to the SMSS.

9.3.6. Flexure Mount
A flexure mount is based on the same principles as the kinematic mount, but now the relative motion
is provided by flexing the material instead of letting the components slide over one another. There are
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Figure 9.7: Kinematic mount of an optical element. Image taken from [68]

many different forms of flexure mounts, as can be seen in Figure 9.8.

(a) Axial placed flexures. Image taken from [68]. (b) Radially placed flexures. Image taken from [67].

(c) Cascaded flexures. Image taken from [67]. (d) Hexapod configurations. Image taken from [67].

Figure 9.8: Four examples of flexure mounts that can be used in mounting optical elements.

Flexure mounts can be used in different configurations. Besides that, they do not suffer from hys-
teresis, since the motion is provided by elastic deformation. The flexures can also be mounted on the
back side of the mirror, and thus do not interfere with the light path of the M1 segments. Furthermore,
due to their length, athermalisation on system level is possible with this option.

9.3.7. Concept Selection
In the previous section, different mounting options were presented. In this section, one is selected for
the mounting of the M2 mirror to the SMSS. In Table 9.1 the strengths and weaknesses of the different
concepts are summarised. From this table, it becomes clear that if the entire SMSS would be made
athermal, the best option for the mirror mount would be the flexure based mirror mount, in particular
the hexapod mount. The athermalisation of the system is an important part of the thermal design of the
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SMSS. Making the system performance independent of the bulk temperature is given priority. For this
reason, the hexapod mount was selected.

Table 9.1: Summary of the strength and weaknesses of the selected mirror mounts

Concept Strengths Weaknesses
Hard mount

• Simple design • Thermal stress
• Stress concentration
• Large mount diameter
• System athermalisation diffi-
cult

Clips

• Constant, controllable preload
• Accurate placement

• Thermal stress
• Large mount diameter
• System athermalisation diffi-
cult

Elastomer

• Low thermal stress • Large mount diameter
• System athermalisation diffi-
cult

Bonded

• Simple method
• (low thermal stress)
• Compact
• low mass

• System athemalisation diffi-
cult

Kinematic
mount • accurate mirror placement

• No thermal stress
• Stress concentrations
• System athermalisation diffi-
cult

Flexure
mount • Low thermal stress

• System athermalisation pos-
sible

• Higher complexity

9.3.8. Interface Design
The length of the interface is an important feature in making the system athermal. The working prin-
ciple of the athermalisation method used is given in Figure 9.9. All the added length in the interface
also has to be added to the booms, since the mirror has to be placed 1600 mm from the primary mirror
segments. It is thus beneficial to use a high CTE material. It was chosen to use Aluminium 7075-T6.
The reasoning behind this is that aluminium has a high CTE (23.6 micron/m/K), but this alloy also has
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a high reduced tensile strength, which makes it a usable material for flexures.

Figure 9.9: Example of the athermalisation method used to make the SMSS an athermal design. Image taken from [3].

The interface thus has to compensate the thermal expansion of the boom. However, the CTE of
the boom together with the size of the hinges are still unknown. For a first estimate, the size of the
hinges were taken to be 100 mm, and a boom CTE of 0.8. This resulted in a length of 96 mm. This is
the design start point.

After the detailed design given in Chapter 10, the length of the titanium parts was known. It was
chosen to use the centre line of the root CORE hinge as the point from which the athermalisation is
measured. This means that the distance between the centre line and the vertex of the primary mirror
segments must be constant over temperature. In Figure 9.10 the system is schematically given. The
total length of titanium in the thermal path is 78.15 mm, based on the design of the top and root hinges.
The CTE of titanium is 8.6 micron/m/K. The thickness of the mirror is 40 mm, and has a CTE of 4
micron/m/K. It must be noted that in the design, the vertical distance between the attachment points of
the interface to the spider and the titanium of the top hinge is about 3 mm, which has the CTE of the
CFRP. Y is the length of the mirror interface, while X is the total length of the CFRP. When the system
is athermal, the CTE times the length of the components of the boom and titanium parts equals that of
the CTE times the length of the mirror interface and the mirror itself:

0.8 ⋅ 𝑋 + 8.6 ⋅ 78.15 = 23.6 ⋅ 𝑌 + 4 ⋅ 40 (9.1)

𝑋 + 78.15 − 𝑌 − 40 = 1725.25 (9.2)

With these relations, the required CFRP length and mirror interface length can be determined. The
boom length (taken the height of the spider into account) is 1765.7 mm, and the interface length is 81.7
mm.
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Figure 9.10: Schematic representation of the SMSS with the dimensions used for the athermalisation of the system.

The struts of the hexapod have to constrain one DOF each. If a simple rod would be taken, it means
that the diameter of the rod must be small to ensure that the bending stiffness of the rod is not too high.
This will limit the buckling load the rod can take. One option is to increase the diameter of the rod, and
create cutouts in this rod to ensure the overall bending stiffness of the rods are not too high. The effect
of the flexures in the rods is then a bit similar to a universal joint in shafts.

A design was made using a blade thickness of 0.8 mm. The design has to be tested for launch
conditions and thermal deflection. The design is given in Figure 9.11.

Figure 9.11: Render of the mirror interface

The next step is to check if the interface can withstand the load cases it will be subjected to. First
thermal deflection is considered. Silicon carbide has a CTE of 4. During LEOP, the SMSS will be
exposed to the most extreme thermal environment, since the baffle will still be stowed, and thus cannot
shield the SMSS. As explained in Chapter 4 the SMSS will be exposed to temperatures of around 180
to 411 K. This is a maximum difference of 123 K, or 148 K with the applied margin (see Chapter 4). The
thermal stress induced in the interface is determined by the difference between the CTE of the spider
(CFRP) and the mirror (SiC). CFRP has a different CTE in different directions, depending on the layup
of the material. The CTE of CFRP can go up to 25 micron/m/K in the direction perpendicular to the
fibres [19]. This would result in a difference of 20 micron/m/K. With a temperature difference of 148 K
and a mount radius of 69 mm, this results in a difference in expansion of about 200 micron. ANSYS
was used to check if this deformation would impose high stresses on the rods. The result can be found
in Figure 9.12.
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(a) Deformation (b) Von Mises stress

Figure 9.12: Deformations and the von Mises stress on the mirror interface resulting from differential thermal expansion of the
mirror and the spider

From Figure 9.12a, it can be seen that the design of the hexapod deformed as expected. From
Figure 9.12b, it can be seen that the maximum stress within the rods is around 25 MPa, which is far
below the yield stress of the material. The reaction force of the fixed support was about 1.8 N.

During launch, the mirror interface has to hold the mirror in place. ANSYS was used to simulate
the effect of the launch on the mirror interface. The loads used were 30 G in the (x+y), (y+z), (x+z)
directions. The deformations under these loads can be seen in Figure 9.13.

(a) X+Y (b) Y+Z

(c) X+Z

Figure 9.13: Deformations of the mirror interface under the applied launch load of 30 G in the (X+Y),(Y+Z), and (X+Z) direction.

The stress due to the applied load during launch is given in Figure 9.14. From the figures, it can be
concluded that the maximum stress within the rods is 61 MPa, again well below the yield strength of
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the used material. It can thus be concluded that the mirror interface can withstand both the launch and
LEOP while making the SMSS athermal.

(a) X+Y (b) Y+Z

(c) X+Z

Figure 9.14: VonMises stress in themirror interface under the applied launch load of 30 G in the (X+Y),(Y+Z), and (X+Z) direction.

9.4. Flexures
The flexures between the top hinges and the spider are added to release degrees of freedom. By do-
ing that, the system is prevented from being overconstrained. This statement is true when treating the
booms as stiff members. However, as is visible from the modal analyses presented in Chapter 8 the
booms are not stiff members.

The flexure dimensions were based on the deflection of the spider, and with that, the dimensions of
the spider. The bending stiffness of the spider is around 8000 N/m, while the boom bending stiffness
is around 296 N/m. As can be seen, there is a difference of one order of magnitude between the
bending stiffness of the boom and the spider. The booms itself are thus acting as flexures, introducing
compliance in the system. It is thus not necessary to include extra flexures to the system. In the new
design the flexures will be excluded.

9.5. Conclusion
In this chapter, the redesign of the system was presented. The redesign was performed based on the
results obtained in the modal analysis performed in Chapter 8. The legs of the spider were shortened
based on the results obtained in the modal analyses. This will both decrease the mass of the system,
but also increases the stiffness of the spider itself. Furthermore, the width of the outer parts of the legs
of the spider was increased to 15 mm. Another modification was to increase the height of the spider,
while making the outer parts of the legs of the spider tapered.
In the previous chapter, it was suggested to include cables in the system. After a discussion with D.
Dolkens it was decided that ribbons would be a better option. By taking a ribbon width of 9 mm, the
ribbon will fit in the gap between the primary mirror segments, and the ribbon can be connected to
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the centre of the spider. This concept can reduce the translational motion of the spider, but not the
rotational motion. This is due to the fact that the ribbon, boom, and spider are in the same plane.
The mirror interface was designed in more detail in this chapter. A hexapod structure with flexured rods
was selected after different options were considered. This configuration allowed the SMSS to be made
athermal. The flexures were introduced in the rods to ensure the rods can only provide one constraint,
while still being able to take the required launch loads.
The newly designed interface was simulated in ANSYS, where it was proven that the structure will not
fail during launch and LEOP.
In the last section, the flexures between the top hinges and spider were discussed. Based on the
renewed design and the results from the modal analyses in the previous chapters, the flexures were
removed from the design.

After this design iteration, the root and top hinges can be designed in detail. This will be presented
in the next chapter.
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Top & Root Hinge Detailed Design

In Chapter 6, the preliminary top hinge concept was selected. This first conceptual design was used
in the trade-off for the mid hinge. In this chapter, both the top and the root hinges will be designed in
detail. First, the hinge concepts will be discussed. These concepts are one step more detailed than
what was performed in Chapter 6. After the type of hinges for the top and root hinges are selected, the
detailed design of both hinges is discussed. The last section will conclude on this chapter.

10.1. Hinge Concepts
During the first design iteration in Chapter 6 it was chosen for the top hinges to use a single DOF revolute
joint in combination with small rotation flexures. in the previous Chapter however, it was concluded that
the booms would provide the required degrees of freedom themselves, rendering the flexures useless.
This only leaves the revolute joints to be designed. In Chapter 7, the integral slotted hinge concept was
selected. This hinge will provide the required deployment torque to the system, and thus the top and
root hinges do not have to deliver a deployment torque. The exact concept for this revolute joint was
not decided upon yet. This will be done in this section, where four types of hinges are considered:

• Ball bearing hinges
• Integral slotted hinges
• Large deflection flexures
• CORE hinges

In the following sections the concepts will be briefly discussed. It must be stated that the same
concepts are considered for the top and root hinges, but different concepts can be selected for the top
and root hinges.

10.1.1. Ball Bearing Hinges
Ball bearings are very often used in systems where relative rotation between parts is required. Since
they are so often used, a lot of knowledge about ball bearing hinges is available, and a lot of variants
are readily available. However, in precision applications, only two variants are suitable. These variants
are angular contact bearings and single row radial bearings [64]. The two types of bearings are given
in Figure 10.1. As can be seen in the figure, the single row radial ball bearings have shoulders on
both sides of the balls, making it possible for this type of bearings to take up load in both radial as
axial direction. Angular contact ball bearings on the other hand have shoulders on only one side of
the race, which limits the ability of the bearing to take up axial loads in only one direction [64]. Due to
the production methods of single-row radial and angular contact ball bearings, there is a difference in
the radial load the bearings can take. The number of balls in a radial bearing is less than that of an
angular contact bearing [64]. The number of balls in the bearing determines both the maximum load
the bearing can take, and the stiffness of the assembly. Since the system has to survive the launch
loads, and stiffness of the system is important, angular contact ball bearings are seen as most suited

81
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Figure 10.1: Schematic drawing of a single row radial ball bearing (left) and an angular contact ball bearing (right). Image taken
from [64]

for this application.

The stiffness of an assembly with angular contact ball bearings depends on the way the bearings
are installed. There are two ways to install angular contact ball bearings, see Figure 10.2. The point at
which the line of contact between the balls and the races cross the bearing axis is the effective location
of the bearing. In the face-to-face configuration, the effective locations of the bearings are closer to
each other, resulting in lower stiffness. In the back-to-back configuration this is the opposite, the two
effective locations of the bearings are further apart, and thus the static stiffness is higher [64]. Apart
from the installation, also the ball size determine the performance of the bearings. By using smaller
balls, more balls can be installed, which is beneficial for the stiffness of the system. Smaller balls also
result in a less conforming contact with the race, reducing hysteresis, although hysteresis will remain
a problem with this type of hinges [64].

(a) Face-to-face configuration (b) Back-to-back configuration

Figure 10.2: Two configurations for mounting angular contact bearings. The images are taken from [64].

For this concept, a first CAD model was made. It has two angular contact ball bearings in the
back-to-back configuration. The preload is applied with a standard locking hinge from SKF. Figure 10.3
gives a view of the CAD model of the top hinge with ball bearings. The bearings in the design are deep
groove ball bearings of the type 61900, downloaded from the SKF website [57]. The locking nut in the
model is based on the dimensions of the KM 0 lock nut from SKF [57]. The lock washer in the design
was downloaded from the SKF website [57]. The lock washer is of the type MB 0.

10.1.2. Integral Slotted Hinges
The integral slotted hinges are already used in the mid hinges. It is also an option to use this type of
hinge in the other hinges. The benefit of using this hinge is that the hinge type has a very low hysteresis.
However, by using this type of hinge, the system will become overconstrained, and the booms might
deform when deployed.

The top hinge has the same orientation in stowed configuration as in deployed configuration. This
means that during deployment, the hinge will rotate over roughly 30 degrees and back to its starting
position. Since the integral slotted hinge is a self locking hinge, it means that the hinge starts in locked
position, then has to rotate, and return in the locked position. This would require a high torque during
deployment, more than the mid hinges can deliver. It was tried to change the orientation such, that the
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Figure 10.3: CAD model of the top hinge concept using ball bearing hinges. The bearings (61900) and lock washer (MB 0)
models were downloaded from the SKF website, while the lock nut was based on the design of the KM 0 lock nut from SKF [57].

starting and final position are not the same, but this was unsuccessful. This means that the integral
slotted hinge is not an option for the top hinge. For the root hinge however, it is still an option.

10.1.3. Large Deflection Flexures
Flexures are commonly used to allow for small rotations. The top hinges have to rotate over an angle
of around 30 degrees during deployment. There are flexures optimised for high deflection angles, as
presented in [32, 66]. One of the examples is the butterfly flexure, given in Figure 10.4.

Figure 10.4: Butterfly flexure optimised to allow rotations over a large angle. Image taken from [31].

This flexure has a deflection range of ±20 degrees [32, 66]. Although the range is in the same
order of magnitude as the required range of the top hinge, the flexure hinge concept has a large dis-
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advantage. The flexure hinge requires a moment to bend the material elastically. The required torque
for deployment of several concept flexure hinges with a deployment range of ±20 degrees is for all
concepts around 1.5 Nm [66]. However, the deployment torque of the integral slotted hinges used in
the booms is an order of magnitude lower, around 0.1 Nm [44, 49]. Thus if the flexure hinges are used,
additional deployment actuators are required. This is added to the need of a flexure design that can
rotate over 30 degrees while supporting the spider during launch conditions. The launch conditions
could pose a possible problem. According to [31], the butterfly flexure with a range tested for ±20
degrees rotation failed during a vibration test with lower accelerations than those encountered during
launch. This would mean that the structure has to be supported during launch to ensure the survival of
the flexure hinges. For the root hinges, this concept is not a real option. The root hinge has to rotate
over 180 degrees, which is not feasible for this concept.

10.1.4. CORE Hinges
One of the disadvantages of flexures is that they are limited in the load they can take in other directions
than pure tension. The CORE hinges were developed to take the advantages of flexures, without the
disadvantages of the limited load carrying capabilities in other directions. CORE stands for COmplient
Rolling-contact Element . The concept is basically two cylinders rolling over each other, kept in place
by thin strips. This way, the minimal bend radius of the strips is always the radius of the cylinders and
the cylinders take up the load in compression. With the correct amount of preload, the cylinders cannot
slip, and the motion is a pure rolling motion. This mean that the hysteresis is low, no lubrication is
needed, and when designed correctly, there is no holding torque present that needs to be overcome.
An example of a CORE hinge is given in Figure 10.5.

(a) Assembled (b) Before assembling

Figure 10.5: Example of a CORE hinge. In figure a), the CORE hinge is assembled, while at b) the hinge is not assembled yet.
Both images are taken from [28].

10.1.5. Trade-off
Table 10.1 gives an overview of the strength and weaknesses of the different hinge concepts. With this
overview in mind, a trade-off for each hinge can be made using a graphical trade-off table. The trade-off
table for the top hinges is given in Table 10.2. As can be seen, the integral slotted hinge cannot be used
for the top hinge due to the high deployment torque needed to get the hinge out of the latched position.
It can be seen that the two best concepts are the ball bearing hinge and the CORE hinge. The CORE
hinge scores much better on the hysteresis, while the ball bearing hinge development time is lower.
From the trade-off it can be concluded that the CORE hinge concept is the best option for the top hinge.

In Table 10.3 the trade-off table for the root hinge is given. Due to the common requirements on
the top and root hinges, the trade-off tables given in Tables 10.2 and 10.3 look similar. There are some
differences however. Since the required deployment angle of the root hinge is larger, 180 degrees,
this criterion was added to the trade-off. The large deflection flexure hinge scores bad on this criterion,
since the largest deflection angle found in literature was only 20 degrees [31]. Unlike the top hinge, the
integral slotted root hinge is in stowed configuration not in latched position, and thus the hinge does not
need an external deployment torque to deploy. From the trade-off table, it can be concluded that the
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Table 10.1: Strengths and weaknesses of the different concepts for the top hinge.

Concept Strengths Weaknesses
Ball bear-
ing hinge • Widely used

• No holding torque
• High stiffness

• Hysteresis
• Requires lubrication

Integral
slotted
hinge • Low/no hysteresis

• lightweight
• Already used
• No lubrication needed

• High holding torque

Large de-
flection
flexures • Low/no hysteresis

• No lubrication needed
• Low stiffness
• Long development
time

• High holding torque

CORE
hinge • Low/no hysteresis

• No holding torque
• High stiffness
• no lubrication needed

• Larger dimensions

CORE concept is the best option for the root hinge. Just like with the top hinge, the good hysteresis
behaviour of the CORE hinge proves to be decisive in the trade-off between the ball bearing hinge and
the CORE hinge. Due to the larger stiffness of the hinge in the other DOF than the rotation over the
rotation axis of the CORE hinge compared to the integral slotted hinge in stowed configuration, the
CORE hinge was seen as the better option for the root hinge.
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Table 10.2: Trade-off table for the top hinge concept.

Table 10.3: Trade-off table for the root hinge.

10.2. Detailed Design
In the previous section, the trade-off was performed for both the top and the root hinges of the system.
In this section, the detailed design of these hinges will be discussed. Since the top and root hinges
will use the same concepts and are subjected to the same loads, it was decided to design the hinges
the same time. Only where the design will start to differ, the two hinges are designed separately. The
design procedure is as follows. First, the CORE concept is selected. After that, the material of the
strips connecting the two cams to each other will be selected. With these inputs, the components of
the hinges (strips and the cams) will be designed using a grid optimisation. When the general design
parameters are known, the preload device of the strips will be selected and the compressive stress
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within the cams are calculated. In the last section, the found design parameters are translated into a
3D design for both the top and the root hinge.

10.2.1. CORE concepts
Within the concept of the CORE hinge, two subcatagories are present. The difference lies in the way
the rolling surfaces are contacting. In the first option, the cams are simple cylinders. The strips are
wrapped around the cylinders, and the cylinders are rolling over the strips without contacting the other
cylinder [33, 35, 37, 50, 51]. In the second option the cams are contacting each other, held together
by the strips that are rolling over smaller diameter parts of the cams. The preload pulls the two cams
onto each other [28, 29]. In Figure 10.6a the two concepts are presented schematically. In Figure10.6b
the Free Body Diagrams (FBD) are given. From this figure, it can be concluded that the two cams in
the first concept are not pressed against each other, there is no preload between the two cams. This
means that when the two cams are pulled apart, the strips will deform to counteract the pulling force.
This means that a small gap between the two cams is created. In the second concept, the strips leave
the cams under an angle. Due to the symmetry of the CORE design, the three strips cancel each others
side force, but not their axial force. When the strips are preloaded, there will be a normal contact force
between the two cams. When a pulling force is applied to the cams smaller than the normal force, the
cams remain in contact.

During launch, the cams in the first concept can start to separate. When the load is removed, or the
direction of the load is changed, the two cams can collide with each other, damaging the hinge. The
second concept, if proper preload is applied, this will not be the case. Due to this, the second concept
is selected. The downside of the second option is though that components of the same material are
touching each other, which might lead to cold welding.

(a)

(b)

Figure 10.6: Schematic representation of the two versions of the CORE hinge. on the left, the CORE with a constant radius. On
the right, the CORE with different radii for the flexures and the contacting surfaces. The free body diagrams of the lower halves
of both types are given on the bottom of the figure.

10.2.2. Strip Material
The materials considered are listed in Table 10.4. Aluminium 7075-T6 was the chosen aluminium alloy
for its high yield strength compared to other aluminium alloys. The choice for stainless steel 301 CR
was based on [50], where this alloy was used as flexures for a CORE hinge. Ti-6Al-4V is a used ma-
terial for flexures [22, 31]. Invar was added due to its low CTE. The last material listed is Kevlar. This
fibre material was used in [28] and is also often used in space. One example is the debris shield in the
Columbus module [12].

According to [63] the reduced tensile modulus is an important material property for flexures. The
reduced tensile modulus is the ratio of the yield strength over the tensile (Young’s) modulus. This can
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Table 10.4: Material properties of selected materials

Material Young’s
modulus
[GPa]

Yield
strength
[MPa]

Young’s
modulus
/ yield
strength [-]

Density
[kg/mኽ]

CTE
[10ዅዀ
m/m/K]

Aluminium 7075-T6 [8] 71 505 0.0071 2800 23.4
Stainless steel 301 CR
[50]

197 1138 0.0057 7800 17

Titanium Ti-Al-4V (so-
lution heat treated and
aged) [8]

114 1103 0.0097 4430 8.6

Invar [8] 141 276 0.0019 8050 1.6
Kevlar®[12, 20] 70-175 2300 - 42001 N/A 1439 -4 - -4.9

1 For Kevlar® ultimate strength is used instead of yield strength.

also be seen in the equation for the bending stress developed within the strips of a CORE hinge[50]:

𝜎፞፧፝ =
𝐸፬፭፫።፩ ⋅ 𝑡
2𝑅 (10.1)

Where 𝐸፟፥፞፱ is the Young’s modulus of the material of the strip, 𝑡 is the thickness of the strip, and 𝑅
is the radius of curvature of the cylindrical parts of the hinge, and thus the bending radius of the strips.
Rearranging this equation and taking the yield stress of the material as bending stress leads to:

𝜎፲።፞፥፝
𝐸፬፭፫።፩

= 𝑡
2𝑅 (10.2)

Thus for a high reduced tensile modulus, the thickness of the strips can be bigger, or a smaller
radius can be used for the cams. By increasing the thickness of the strips, the stress in the strips due
to the loads other than the bending load will be lower, since the cross sectional area of the strips is
increased. For this reason it is beneficial to choose a material with a high reduced tensile modulus for
the flexures. Looking at Table 10.4, it can be seen that Titanium Ti-6Al-4V has the highest reduced
tensile modulus of the metals. Titanium would thus be the best choice considering only the metals. For
Kevlar®, the reduced tensile modulus is less important since it is a fabric. Another noteworthy property
is the CTE, which is negative. This can introduce problems under thermal loading, since the cams will
have a positve CTE. More about the effect of the temperature will follow in the following sections. For
now, it is chosen to use titanium as material for the strips.

10.2.3. Component Sizing
Now the concept and the strip material are known, the components can be designed in detail. The
approach to this is as follows. Three selected design parameters are optimised using a simple grid
search based on the stress equations given in this section. With these design parameters the cams
are designed, after which the contact stress and surface treatments are discussed.

Design Parameters
The design will be based on several parameters. These parameters are selected based on the stress
state within the strips. The stress state within the strips will be given first.

It was seen that forces perpendicular to the rotation axis are all transferred to tensile forces in the
flexures. Only the forces parallel to the rotation axis will develop a shear force. The total tensile stress
within the strips is given below:

𝜎፭,፭፨፭ = 𝜎፞፧፝ + 𝜎፭፡፞፫፦ፚ፥ + 𝜎፥ፚ፮፧፡ + 𝜎፩፫፞፥፨ፚ፝ (10.3)

The different forms will be discussed in the paragraphs below.
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Thermal stress The thermal stress depends on the difference in CTE of the core and strips, the
temperature difference, and the strip material:

𝜎፭፡፞፫፦ፚ፥ = (𝐶𝑇𝐸ፚ፦ − 𝐶𝑇𝐸፬፭፫።፩) ⋅ Δ𝑇 ⋅ 𝐸፬፭፫።፩ (10.4)

As can be seen, the thermal stress in the equation can become negative. When this happens, it
means that the two cams can separate since no normal force is present to keep them in place. By
applying a preload, it can be prevented that there will be play between the components within a certain
temperature range. Another observation is that the thermal stress is zero when the cam material is the
same as the strip material, thus titanium. Since the thermal stress is also included in the preload, the
case where the cam is made out of titanium will have the lowest stress in the strips.

Preload stress The required preload can be calculated with the help of the free body diagram of the
lower cam, given in the illustration in Figure 10.6b. The two cams will always be in contact when the
normal force between the two cams in rest is as large as, or larger than the maximum vertical load
applied. In this case, the maximum load is the load in z-direction during launch. The required preload
is then:

𝐹፩፫፞,፥ፚ፮፧፡ =
𝑁

2 ⋅ 𝑠𝑖𝑛(𝜃) (10.5)

Where 𝑁 is the required normal force. The angle 𝜃 is dependent on the inner and outer radii of the
cam, as can be seen in Figure 10.7. The relation between the angle 𝜃 and the inner and outer radii of
the cam is:

𝜃 = 𝑐𝑜𝑠ዅኻ (𝑅።፧፧፞፫𝑅፨፮፭፞፫
) (10.6)

Inserting this expression for 𝑡ℎ𝑒𝑡𝑎 into Equation 10.6 gives:

𝐹፩፫፞,፥ፚ፮፧፡ =
𝑁

2 ⋅ 𝑠𝑖𝑛 (𝑐𝑜𝑠ዅኻ (ፑᑚᑟᑟᑖᑣፑᑠᑦᑥᑖᑣ
))
= 𝑁 ⋅ 𝑅፨፮፭፞፫

2 ⋅ √𝑅ኼ፨፮፭፞፫ − 𝑅ኼ።፧፧፞፫
(10.7)

Figure 10.7: Schematic illustration of the relation between the angle ᎕ and the inner and outer radii of the cam.

Then, the total stress due to preload is:

𝜎፩፫፞፥፨ፚ፝ =
𝐹፳ ⋅ 𝑅፨፮፭፞፫

𝑡፬፭፫።፩ ⋅ 𝑤፬፭፫።፩ ⋅ √𝑅ኼ፨፮፭፞፫ − 𝑅ኼ።፧፧፞፫
+ 𝜎፩፫፞,፭፡፞፫፦ፚ፥ (10.8)

Note that the factor 2 in Equation 10.7 is not present in Equation 10.8. This is due to the definition of
𝑤፬፭፫።፩, which is the combined width of the strips, but preload is applied on the mid strip, and applied to
the outer strips combined. This means that in the stress calculations due to the preload, only halve the
width of the strips has to be taken, which cancels the factor 2 in Equation 10.7.
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Launch stress The stress in the strips during launch depends on the load case on the system. From
the requirements, three load cases are considered. The mass of the system, based on CAD models
to this point, is estimated to be 12 kg. Figure 10.7 gives the coordinate system used. In load case 1,
there is a 30 G acceleration in the Z and X direction. In case 2, there is an acceleration in the Z and Y
direction, and in case 3 there is an acceleration in the Y and X direction (see Chapter 4). Due to the
preload in the strips, the acceleration in the Z direction does not introduce any additional stress in the
flexures. In the X direction, there is an additional stress in tension. The amount can be determined
using the FBD in Figure 10.6b. It is noted that there is no normal force acting in the X direction. Thus,
when a load is applied, the strip will deform to balance the applied load. When one strip is put in
more tension, the other, opposite strip will be reduced in tension in exactly the same amount, since
the deformation of both strip is equal, but opposite in sign. The increase in tension in the one flexure
will increase the sideways force in one way. However, the decrease in tension in the opposite strip will
decrease the sideways force in the other way with the same amount. The resultant sideways force is
thus 2 ⋅ Δ𝐹𝑐𝑜𝑠(𝜃) The required change in tension in the strip is thus:

Δ𝐹 = 𝐹፱
2 ⋅ 𝑐𝑜𝑠(𝜃) (10.9)

Thus the stress due to a force in the X direction is:

𝜎፥ፚ፮፧፡,፱ =
Δ𝐹

𝑡፬፭፫።፩ ⋅ 0.5 ⋅ 𝑤፬፭፫።፩
(10.10)

The launch load in the Y direction will impose a shear stress within the strips. This shear force is
taken up by all strips in parallel. Thus the force acts over the entire 𝑤፬፭፫።፩, which results in an area
twice as high compared to the area affected by the preload.

𝜏፥ፚ፮፧፡,፲ =
𝐹፥ፚ፮፧፡,፲

𝑡፬፭፫።፩ ⋅ 𝑤፬፭፫።፩
(10.11)

Full stress equation Inserting Equations 10.1, 10.4, 10.8, 10.10 into Equation 10.3 gives the follow-
ing expression for the total stress state in the strips:

𝜎፭፨፭ፚ፥ =
𝐸፬፭፫።፩ ⋅ 𝑡
2 ⋅ 𝑅።፧፧፞፫

+ (𝐶𝑇𝐸ፚ፦ − 𝐶𝑇𝐸፬፭፫።፩) ⋅ Δ𝑇 ⋅ 𝐸፬፭፫።፩

+ 𝐹፳ ⋅ 𝑅፨፮፭፞፫

𝑡፬፭፫።፩ ⋅ 𝑤፬፭፫።፩ ⋅ √𝑅ኼ፨፮፭፞፫ − 𝑅ኼ።፧፧፞፫
+ 𝐹፱ ⋅ 𝑅፨፮፭፞፫
𝑅።፧፧፞፫ ⋅ 𝑡፬፭፫።፩ ⋅ 𝑤፬፭፫።፩

(10.12)

From Equation 10.12 it can be seen that five parameters determine the stress within the strip under
an applied load case. The first parameter is the CTE difference between the strip and the cams. It can
be seen that it is beneficial to use the same material for the strip and the cams, especially since the
hinges are subjected to a large thermal load during LEOP (see Chapter 4). When selecting Kevlar®,
which has a negative CTE, the problem is increased further. For that reason, titanium cams are con-
sidered.
The next parameter is the outer radius of the cams. Due to design limitations, this was set to 35 mm.
This means that the diameter of the cams is the same as the diameter of the booms. Decreasing the
radius would give higher stresses in the strips, since then the inner radius should also be decreased.
Increasing the outer radius beyond 35 mmwould give problems for the design of the hinges and booms.

The two listed parameters above are thus constants. The next parameter, the inner radius of the
cams, is not a constant. it can be seen in Equation 10.12 that increasing the inner radius is beneficial for
the bending stress, but would increase both the preload and launch stresses. This same but opposite
behaviour can be seen in the thickness of the strips. Increasing the thickness of the strips will increase
the bending stress, but will decrease the launch and preload stresses. Thus there is an optimal point
for the strip thickness and cam inner radius, where the stress is minimal.

The last parameter is the total width of the strips. From Equation 10.12 it can be seen that increasing
the width of the strip will decrease all forms of stress.
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Optimal design point From the above observations, the optimisation approach can be determined.
Since two out of five parameters are constant, the optimisation only considers three parameters. First
the optimal point between the strip thickness and the cam inner radius is determined. After that, the
total width of the strips is determined by setting the total von Mises stress in the flexure equal to the
yield stress of the strip material. The optimisation was performed in Matlab. Figure 10.8 gives the
von Mises stress within the strip at a given width as function of inner radius and strip thickness. It can
clearly be seen that there is a single design point for the thickness and inner radius that result in the
lowest stress within the strips for a given strip width.

Figure 10.8: Stress within the CORE strip at a given width as function of CORE inner radius and strip thickness. The flat surface
is the yield strength of the used titanium alloy. It can be seen that there is an optimal point with minimal strip stress.

There are three load cases, and for each load case the optimal design point is found. After that,
each optimal design point is checked for the other load cases. From these three optimal design points,
the point with the lowest required total strip width is selected. This criteria was used since the increase
in width has the highest influence on the total weight of the hinge design. The optimal design point is
given in Table 10.5.

Table 10.5: Design values for the metal strips and cams resulting from the optimisation

Parameter Value [mm]
Strip thickness 0.3
Inner radius 29.7
Outer radius 35
Total strip width 31

Cam Design
The next step in the design was to find the final dimensions required for the cams. The inner and outer
radii are already determined, together with the metal strip width. This width is not yet the total width of
the cams, since it does not take the width of the cam rolling surfaces into account. These surfaces will
be under compression, and it has to be checked if this stress does not result in failure of the hinge.

The contacting bodies are two cylinders. From [54], the stress within the material can be determined
as a function of depth. The situation is given in Figure 10.9.

In [54], it is stated that the maximum principle stresses in a Herzian contact occur on the z axis (see
Figure 10.9 for the orientation of the reference frame). In a Herzian contact, the interface between the
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Figure 10.9: Contact stress within two contacting cylinders. Image taken from [54].

bodies is assumed to be frictionless. The principal stresses are determined with the following equations
[54]:

𝜎፱ = −2𝜈𝑝፦ፚ፱ (√1 + (
𝑧
𝑏)

ኼ
− 𝑧𝑏) (10.13)

𝜎፲ = −𝑝፦ፚ፱ [(2 −
1

1 + ( ፳)
ኼ)√1 + (

𝑧
𝑏)

ኼ
− 2𝑧𝑏] (10.14)

𝜎፳ =
−𝑝፦ፚ፱

√1 + ( ፳)
ኼ

(10.15)

In these equations, 𝑧 is the distance from the contact point along the z axis. 𝑏 and 𝑝፦ፚ፱ can be
calculated using the following equations [54]:

𝑏 = √
2𝐹 ( (ኻዅ

ᎴᎳ )
ፄᎳ

+ (ኻዅᎴᎴ )
ፄᎴ

)

𝜋𝑙 ( ኻ፝Ꮃ +
ኻ
፝Ꮄ
)

(10.16)

𝑝፦ፚ፱ =
2𝐹
𝜋𝑏𝑙 (10.17)

Where 𝐹 is the applied force and 𝑙 the length of the contact line in x direction. Subscripts 1 and 2
refer to cylinder 1 and 2 in Figure 10.9.

A width of 5 mm per contact surface was taken for the cams, resulting in a total contact length 𝑙 of
20 mm. The applied load was taken to be the required normal force, calculated in the previous section.
The resulting contact stress as function of z is given in Figure 10.10. The maximum von Mises stress
is 319 MPa, which is lower than the yield and ultimate material stresses.

In the above calculation, the four contacting surfaces are grouped together into a single contact
area. This was done because the load case is undetermined. Due to the symmetry of the cams, the
load at each contact point cannot be calculated using stiff members. In the real world, the cams will
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Figure 10.10: Contact stress in the cams as function of the z position as calculated by hand calculations.

deform, changing the load cases. To check this effect, ANSYS was used. It is noted that ANSYS is not
particular good at solving contact stresses due to the high non-linearity of the system.

In the modelling, the symmetry of the cams were used to reduce the number of nodes, or in this
case, decrease the size of the elements due to the element number limitations of the license used. The
contact areas are refined, since it was seen in the hand calculations that the area affected by contact
stress is very limited. The contact area was modelled as frictionless. This is in agreement with the
assumption of Herzian contact made for the hand calculations. The behaviour was set to symmetric,
since both bodies are flexible. Since the analysis is highly non-linear, in the analysis settings the num-
ber of steps was increased to ensure the solver would converge. Evaluating the first results showed
that the penetration between the bodies was high, and the stiffness was altered to ensure acceptable
penetration levels. The maximum penetration was 0.17 micron in the final analysis. The result of the
analysis is shown in Figure 10.11.

Figure 10.11: Contact stress within the cams. Only a quarter of the cams is shown.

From this result, it can be seen that the inner cam surfaces take more load than the outer cams. It
can thus be concluded that the hand calculation is the average of the maximum contact stresses. Even
though the contact stress is not constant, the value calculated with ANSYS is still well below the yield
stress of titanium.
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10.2.4. Preload Device
As stated before, the design of the hinge requires a preload. How this preload is applied was not
discussed yet. This will be the subject of this section. However, before the preload device is discussed,
first the bonding of the strips to the cams is briefly discussed.

10.2.5. Strip Bonding
The strips have to be connected to the cams. It was chosen to bond the strips to the cams. This was
because bonding will generate a more even load distribution over the strip compared to clamping, and
requires less volume. The bonding stress was taken to be 30 MPa, which was based on space proven
adhesives in [21]. The maximum force acting on the bond was taken from the maximum load case on
the metal strips. Based on the selected strip width, the required bonding length was about 12 mm.

10.2.6. Preload Concepts
The metal strips have to be preloaded to ensure the hinge will work. The required preload was deter-
mined during the metal strip design and has a value of 1388 N. This number was based on the preload
calculated for the design point in Section 10.2.3. Five different concepts were considered to set this
preload. All concepts have the interface with the metal strip in common. The metal strip is bonded to
a sled that slides over two rods, see Figure 10.12. The concepts considered are listed below.

Figure 10.12: Sketch of the preload device for the metal strips in the CORE hinges. The sketch illustrates the connection between
the metal strip and the preload device. This interface is used for all preload concepts.

• Bolt tension
• Belleville washers
• Bolt + belleville washers
• Tension/compression springs
• Leaf spring.

Bolt tension
In this concept, the preload is introduced by tightening a bolt, pulling the sled towards the frame. The
benefits from this concepts are the rigid connection between the sled and the frame, and the low volume
required for this concept. However, the tension depends on the elongation of the bolt, which is small.
A small change in dimensions within the structure can influence the preload significantly.

Belleville washers
These conically shaped washers are often used to preload bolts. In this concept, they are placed
between the frame and the sled. During assembly, the sled is pushed back, loading the washers.
When the adhesive is cured, the sled is released, putting the preload on the metal strip. The benefit
of this concept is the small volume. However, the deflection of the washers is limited. When released,
the elastic deformation in the metal strip will reduce the preload on the metal strips. This decreases
the accuracy of the preload in the system.
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Bolt with belleville washers
This concept combines the two previous concepts. The bolt is tightened to create the preload. By doing
this, the belleville washer which is located between the bolt and the frame is also preloaded. There is a
stiff connection between the sled and the frame, but a small change in dimensions does not influence
the preload as much as in the bolt concept. Furthermore, the elastic deformation in the metal strips
do not influence the amount of deformation in the belleville washer(s), which increases the accuracy of
the preload.

Tension/compression springs
The preload can also be generated by standard springs. During the assembly, the sled is pushed back.
After the adhesive has cured, the sled is released, putting the metal strip under preload. Due to the
lower stiffness of springs, the change in dimensions in the system does not influence the preload as
much. However, this reduction in stiffness can result in more deformation during launch. Furthermore,
the volume required is high, which can be a problem for the top hinge.

Leaf spring
This concept is similar to the previous concept, only now the springs are replaced by a leaf spring. This
was done to reduce the required volume. However, the lack of stiffness is still present.

10.2.7. Concept Selection Preload Device
The different concepts are compared to each other in Table 10.6. From this trade-off, it can be con-
cluded that the concept using a bolt in combination with belleville washers is the best option.

Table 10.6: Trade-off table of the preload device concepts.

This concept is worked out in more detail. The tension in the bolt is a pure tension load. Since
the two clamped materials (the frame and the sled) are not touching, all the preload is carried by the
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bolt. Instead of the yield stress, the proof stress is used. For steel bolts, the proof stress is given in
[54]. For non-steel bolts, the proof stress can be taken as 85% of the yield strength [54]. The effective
areas of the bolts are also taken from [54]. To limit the thermal effects on the system, the bolt is made
from titanium. The yield stress was taken to be 830 MPa [36]. From the analysis, it was concluded
that an M4 bolt can take the stress. The belleville washers were based on a Inconel 718 belleville
washer from Solon Manufactoring Co.. Inconel 718 was selected since it is corrosion resistant, without
being magnetic. The washer can deliver 1646 N, with a deflection of 0.2 mm [11]. To increase the
deflection, three washers were placed in series. It must be stated that the design of these washers can
be changed such that they deliver a constant load over a specified deflection region [54]. This can be
very useful for this application, however a constant force from a spring means a zero stiffness spring.
The effect of this on the functionality of the concept has to be investigated. The effect of changing the
dimensions in the belleville spring on the force as function of deflection can be seen in Figure 10.13.

Figure 10.13: Effect of the shape of the belleville spring on the force as function of deflection. Image taken from [54].

10.2.8. Surface Treatments
Titanium is known for being affected by fretting and cold welding [47]. Since the cams are pressed
against each other, this system is at risk of cold welding. During launch, the protective layer around
the titanium may be removed due to fretting, after which cold welding may take place, locking the sys-
tem in the stowed configuration. Since this is unwanted behaviour, ways to prevent cold welding were
investigated. The use of surface treatments or coatings may prevent cold welding. The difference be-
tween a coating and a surface treatment is that a coating is a separate material applied on the material,
resulting in a layer of this material around the component. In a surface treatment, the surface material
of the component itself reacts with the applied chemical, forming a surface layer with a strong bond to
the unaffected material beneath the layer.

In the database in Appendix C of [47], it was found that for Ti-6Al-4V alloy five tested surface coat-
ings and treatments were effective in preventing cold welding. These surface treatments were Balinite
A, Balinite B, Dicromite +, Ni + PTFE, and Keronite. For cold welding due to fretting, only two surface
coatings/treatments were effective, Ni + PTFE and Keronite. In the text however, it was stated that each
surface treatment suffered from fretting. In the titanium tests, the Keronite surface treatment was only
applied to one of the specimens, the other was untreated titanium. Further, the thickness of the keronite
layer was 6 microns thick. Test results of different treatments and coatings can be seen in Figure 10.14.
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Figure 10.14: Results of cold welding tests on Ti-6Al-4V after impact and fretting for different surface treatments. Image taken
from [47].

To test the effect of surface treatment thickness, [47] increased the thickness of the Keronite layer
for aluminium and ball bearing steel. It was concluded that increasing the Keronite layer above 17 mi-
crons greatly improves the resistance against fretting and cold welding. The surface treatment was also
applied on both specimens in contact, and it was concluded that the coating broke and cold welding
occurred. However, by applying a film of 𝑀𝑜𝑆ኼ (physical vapour deposition) this problem was solved
[47]. Apart from the fretting and impact tests, [47] also performed a thermal test. The result was that
the surface treatment does not suffer from thermal loading.

Based on the results given in [47], it was decided to add a Keronite surface treatments of at least
17 micron on both cams, with a𝑀𝑜𝑆ኼ layer in between. The UK based company Keronite International
Ltd. has developed several versions of the treatment. For now the Keronite Endure is chosen, since it
is developed for wear resistance [43].

10.2.9. Final Design
Up to now, the general dimensions of the hinges are determined. However, these dimensions still
have to be translated to producible designs for the hinges. This last step is performed here. First, an
overview of the general dimensions are given in Table 10.7.

Table 10.7: Overview of the general dimensions of the CORE hinges.

Parameter Dimensions [mm]
Strip thickness 0.3
Strips total width 31
Outer radius cams 35
Inner radius cams 29.7
Fillet radius 0.5
Cam contact surface width (total) 20
Total width 54
Bolt size M4 (4)

The root hinge was designed first. The hinge has to provide a deployment angle of 180 degrees to
the boom. Due to the concept of the hinge, each halve will only use 90 degrees of the total 360 degrees
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of a cylinder, measured at the centre of the cylinder. However, the strips require more space than that.
Thus, the contacting parts of the cams with a radius of 35 mm only have to span 90 degrees, where
the inner radius of 29.7 mm has to span more than this. This design requirement makes it very hard
to design producible, single component hinge halves. It was thus decided to split the hinge halves in
several easier to produce components.

At the hinge part connected to the instrument bus a small flange was added on the sides of the
cams. Its purpose is to protect the strips from yielding when the applied force parallel to the rotation
axis would be too high. The preload device was added to the hinge halve connected to the instrument
bus. It is added to this halve, simply because there is more room available. For the top and root hinges,
the surfaces of both cams will be treated with Keronite Endure of at least 17 microns thick, with a layer
of 𝑀𝑜𝑆ኼ in between to prevent cold welding. The final design of the root hinge, including the strips is
presented in Figure 10.15.

(a) (b)

(c)
(d)

Figure 10.15: Renders of the root hinge

For the top hinge the required deployment angle is small, only about 30 degrees. Due to the hinge
concept, the cams only have to span over 15 degrees of the cylinder, measured at the centre. This
means that the cylindrical surfaces can be made smaller compared to the root hinge. This reduces
volume, and thus also mass. The preload device was added to the spider halve of the hinge. This
location was chosen again because the available space at this point. The structure of the preload
device can also be used to attach the ribbons. Renders and exploded view of the hinge are presented
in Figure 10.16.
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(a) (b)

(c)

Figure 10.16: Renders of the top hinge.
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10.3. Conclusion
In this chapter the detailed design of the top and root hinges were discussed. The chapters started
with a trade-off between different concepts. It was concluded that for both the top and the root hinge
the CORE hinge concept was the best option. Due to the high similarity between the two hinges, the
hinges were first designed in parallel.
It was beneficial to make sections in the cams with different radii. This way the radius over which the
strip rolled was different than the radius of the cylinders in contact. With this configuration, it is possible
to press the cams against each other, preventing separation during launch.
Three optimisation parameters were identified: the cam inner radius, strip thickness, and the total strip
width. It was concluded that there exists an optimal point for the inner radius and strip thickness, where
independently from the total width the lowest stress level within the strip is reached. The width of the
strips was then changed until the stress levels within the strips under loading was acceptable.
The contact length of the cams was set to four times 5 mm. The resulting contact stress was calculated,
and checked if it was below the yield stress of the material.
The strips have to be preloaded. With the help of a trade-off, a preload device was chosen. The preload
is applied by a combination of bolt tension and belleville washers.
The cams are in contact. Since both the cams and the strips are made out of the same titanium alloy,
there is a risk of cold welding. It was suggested to treat the surface of the components with a Keronite
Endure surface treatment, in combination with a layer of 𝑀𝑜𝑆ኼ solid lubricant.
The designs for the top and root hinges were worked out in detail and weight saving was applied where
possible.
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In Chapter 8 it was decided to investigate the use of ribbons to decrease the motion of the spider,
and with that the secondary mirror. In the previous chapter the root and top hinges were designed in
detail. This chapter continues the design by incorporating the ribbons in the design. This is done in
several steps. In the first section, the ribbon concept will be discussed, followed by a modal analysis
with varying ribbon stiffness to see the effect of the ribbons on the eigenmodes of the system. In the
third section, a harmonic analysis is performed on five different models. The chapter is ended with a
short conclusion.

11.1. Ribbon Concept
In the first concept of the ribbons the ribbons were attached to the centre of the of the spider and the
root hinge, see Figure 9.1. This provides stiffness in the translational modes of the system, but does
not improve the stiffness of the rotational eigenmode. During a discussion with Dr. Just Herder another
option was found. Two ribbons per boom are spanned between the top hinge and the primary mirror
support structure (PMSS). Two triangles are then created, both out of the plane made by the boom and
the spider. This way, not only the translative motion of the spider is limited, also the rotational motion
is limited. A render of this concept is given in Figure 11.1.

(a) Front view (b) Top view

Figure 11.1: Renders of the three boom with ribbons concept.

The connection to the primary mirror segments will influence not only the SMSS, but also the PMSS.
Before the concept could be considered, first a discussion with M. Corvers, working on the PMSS, was
needed. The result of this discussion was the integration of the two systems. In this concept, the rib-
bons spanning between the PMSS and the top hinges of the SMSS are used to preload the kinematic
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interface between the PMSS and the instrument bus, and increase the stiffness of the SMSS. Before
that, the PMSS was deployed using a deployable boom below the mirror segment. In the new design,
the PMSS falls into a kinematic mount on the instrument bus.

This however, introduces another design choice. The current design has three booms and is thus
asymmetrical. There are four primary mirror segments. This means that two of the segments are
attached with two ribbons to the SMSS, one on each side of the segment. The other two segments will
only be attached at one corner to the SMSS. This will introduce a twist in the structure and an uneven
loading on the kinematic interface. This behaviour is unacceptable for the primary mirror segments. If
ribbons are to be used and connected to the PMSS, then the number of booms have to be four. This
will reintroduce symmetry in the concept. If this concept is chosen, structural stiffness and symmetry
are thus favoured over an exactly constrained design. A render of the concept is given in Figure 11.2.
In the next section, the effect of the ribbons to the eigenmodes of the system is investigated.

(a) Front view (b) Top view

Figure 11.2: Renders of the four booms with ribbons concept.

11.2. Modal analysis
The first assessment of the ribbon concept was in the form of a modal analysis. It was chosen to use
a modal analysis for the reason that it is a good indication of the effect of the ribbons on the structure
stiffness. By varying the ribbon stiffness, the sensitivity of the design to a change in ribbon stiffness
can also be observed. In this section, the results of the modal analysis is given.

11.2.1. Model
For this analysis, only one single model is needed. Since the PMSS demands that if ribbons are at-
tached to the PMSS, the number of booms needs to be increased to 4, the current model is modified.

In the previous chapter, the top and root hinges were designed in detail. However, this level of
detail is not needed for this analysis, since the focus lies on the ribbons and not on the hinges. The
hinges were simplified in order to make the meshing easier. Since the vibrations will only span small
deflections, the hinges were again modelled as revolute joints. The densities of the material of the
hinges, titanium, was changed in order to give the hinge parts the correct mass. A screenshot of the
two hinge models can be found in Figure 11.3.
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(a) Simplified root hinge
(b) Simplified top hinge

Figure 11.3: The simplified top and root hinges used in the analysis.

The secondary mirror was previously modelled as a solid piece of silicon carbide. However, this
will be a too conservative estimation, since the topology of the mirror substrate will be optimised later
in the DST project. From literature it was found that mirrors are often lightened to 20 to 30% of their
original weight, but can be as low as 10% of their original weight [4, 67]. since the shape of the M2
mirror is not a standard shape and there was no optimisation done on its topology so far, a saving of
70% was taken. Since introducing pockets in the M2 substrate would make meshing more difficult, it
was chosen to change the density of the material. This can be done since only the mass will depend
on the density in this analysis. The mirror and mirror interface used in the vibration analyses are given
in Figure 11.4.

Figure 11.4: Screenshot of the simplified mirror and mirror interface used in the modal and harmonic analyses.

The ribbons will be represented by linear springs. This can be done as long as the ribbons will be
under tension. This stresses again the importance of proper preload. For preload, a value of 18 N was
taken. This value was based on an analysis M. Corvers did for his system. To test the influence of
the preload to the system, also the preload was varied with a constant ribbon stiffness of 1000N/mm
from 1 to 100 N. The stiffness of the ribbons was varied from 1 N/mm to 10,000 N/mm. The values do
not necessarily represent the real values of the ribbons, but the values were taken to investigate what
the effect of the ribbon stiffness is on the behaviour of the system. The full ANSYS model used for the
vibration analyses is given in Figure 11.5.
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Figure 11.5: The ANSYS model used in the vibration analyses.

11.2.2. Analysis Setup
It was decided to perform a modal analysis nested on the results of a static structural analysis. The
static structural analysis calculates the deformations within the structure due to the preload. These
results are then fed into the modal analysis. Setting both the spring stiffness, the preload, and the
frequency results as parameters, all the design points could easily be calculated without the need to
change anything within the settings of the analysis. The frequencies are then extracted from the table
and plotted within Matlab.;

11.2.3. Results
The results of the analysis are given in Figure 11.6. The figure shows the first six eigenfrequencies as
a function of ribbon stiffness.

Figure 11.6: The first six eigenfrequencies of the SMSS with four booms as function of ribbon stiffness.

As can be seen from the figure, the ribbons have a large effect on the first eigenmodes, but in the
higher eigenmodes the influence is less. This is according to the expectations, since the ribbons mainly
limit the translation and rotation of the spider, which are the first three modal shapes. Another obser-
vation is that the increase in eigenfrequency is not linear with ribbon stiffness. it seems to approach
a limit at around 40 Hz for the first two eigenmodes. This behaviour can be explained by the modal
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shape of the system with high stiffness ribbons. The system starts to vibrate in modes which are not
affected by the ribbons.

Besides the effect of the ribbon stiffness on the system, also the effect of the preload was investi-
gated. In the data obtained from the modal analysis, no effect of the preload on the modal response
could be found. The difference in frequency for the first eigenmode was 0.02 Hz between model with
1 N preload and the model with 100 N preload.

11.3. Ribbon Sizing
In the previous section the effect of the ribbons on the system was investigated. This analysis did not
use stiffness based on an actual ribbon designs. The results were used to judge the effect of particular
ribbon designs on the stiffness of the SMSS. M. Corvers did a preliminary design of the ribbons, since
the preload device would be mounted on his subsystem. He concluded that the maximum ribbon
stiffness he could provide was 750 N/mm. This was based on a Kevlar® ribbon with a width of 8 mm
and a thickness of 1 mm. The preload he needed was calculated by him to be 18 N. These values are
used in the coming analyses.

11.4. Harmonic Analysis
In Section 11.2, amodal analysis was performed. In order to get an insight in the actual deflections of the
system under an applied load, another form of analysis is needed. In this section, the harmonic analysis
will be discussed. Five different models are used to test the influence of the ribbons and damping to
the system. First the different models will be discussed. After that the used material properties will be
discussed. In the next section the used spectrum for this analysis will be introduced, followed by hand
calculations and the analysis setup. In the last section the results will be discussed.

11.4.1. Excitation Spectrum
Within the satellite, the reaction wheels are often the largest source of vibrations. In order to test the
response of the system to these vibrations, a proper spectrum has to be selected. In his thesis, Van
Putten used the first engine mode as spectrum for his analysis. He based his spectrum on the Vectronic
VRW-1 which produces a maximum of 25 mNm. The static unbalance of this reaction wheel is 1 gmm.
He did not take the entire spectrum into account [62].

In order to get a full spectrum, four different companies were contacted. These companies were
Vectronic Aerospace GmbH (Berlin, Germany), Astro- und Feinwerktechnik Adlerhof GmbH (Astrofein)
(Berlin, Germany), Sinclair Interplanetary (Berlin, Germany), and Airbus Defence and Space Nether-
lands (Leiden, The Netherlands). Unfortunately, only one of the companies reacted, but the commu-
nications took too long, and no data was obtained. Since no data was obtained from the companies,
another way of getting a useful spectrum had to be found. Two useful papers were found that describe
the vibrations of reaction wheels. The first paper is a master thesis, describing the model developed for
the Ithaco B wheel. This wheel has a torque of around 32 mNm and was used on amongst others the
Kepler spacecraft [46]. The other paper was a PhD thesis and describes the vibrations of the W45E
wheel from Bradford [48].

For the Ithaco wheel, plots of the wheel speed versus disturbance force was given for selected
engine modes. Based on this data, the waterfall plot could be reconstructed [46]. For the RW45E
wheel, the waterfall plot was presented, but no data was given in the form of disturbance force versus
wheel speed. The engine modes were given however, and with that, the given static unbalance, and
the waterfall plot, the waterfall plot could be reconstructed in Matlab [48]. The results can be seen in
Figures 11.7 and 11.8.

The Ithaco wheel is smaller compared to the W45E wheel. This means that the slew rate will be
limited using the Ithaco wheel. It is used on the Kepler spacecraft which is heavier than the DST, but
the slew rate of Kepler is probably lower than that of the DST. It was chosen to use the waterfall plot
of the RW45E wheel from Bradford for this analysis.
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(a) RW45E data [48]
(b) Recreated data

(c) RW45E data [48]
(d) Recreated data

Figure 11.7: Comparison between the original data from the Bradford RW45E reaction wheel and the recreated data. In the top
row, the disturbance is given as function of wheel speed and frequency. In the bottom row, the same data is given but now as
function of wheel speed and wheel order. The reaction wheel test data plots are taken from [48].

In the analysis, nine different wheel speeds are taken. The wheel speeds were 900, 1600, 2600,
3000, 3200, 3400, 3700, and 40000 RPM. The speeds are chosen such, that the most important eigen-
frequencies of the system are covered. The excitation spectrum is applied to the model as a base
excitation, without any additional structural damping. This assumption is a pessimistic assumption.
However, since the structural properties of the instrument bus is still unknown, it was chosen to use a
worst case scenario.

11.4.2. Material Properties
The material properties used in this analysis were the same as used for the design of the top and root
hinges, with the addition of thematerial damping. There are two ways to include the damping in ANSYS.
The first one is the Rayleigh damping coefficients, where constant factors are given to be multiplied by
the mass and stiffness matrices. The other option is to specify a constant damping ratio. These two
approaches then can be introduced as a material property, or as an assembly property. Since there
are multiple materials present in the models, it was chosen to apply them as material property. The
way ANSYS calculates the damping matrix is given in Equation 11.1 [7].

[𝐶] = 𝛼 [𝑀] + 𝛽 [𝐾] +
ፍᑞᑒᑥ
∑
፣ኻ

𝛽፣ [𝐾] + 𝛽 [𝐾] + [𝐶] +
ፍᑖᑝᑖ
∑
፤ኻ

[𝐶፤] (11.1)

where:

• 𝛼 is the Rayleigh constant mass multiplier
• 𝛽 is the Rayleigh constant stiffness multiplier
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(a) Reaction wheel data [46] (b) Recreated data

(c) Reaction wheel data at 3400 RPM [46]

(d) Recreated data at 3400 RPM

Figure 11.8: Comparison between the data of the Ithaco B wheel and the recreated data. The data and plots were taken from
[46].

• [𝑀] is the mass matrix
• [𝐾] is the stiffness matrix
• 𝛽፣ is the material depended constant stiffness multiplier
• 𝛽 is the variable stiffness multiplied
• [𝐶] is the frequency dependent damping matrix
• [𝐶፤] is the element damping matrix.
In this equation, 𝛽 is defined as follows:

𝛽 =
2𝜉
𝜔 = 𝜂

𝜔 (11.2)

In [34], it is stated that the energy loss due to hysteresis within the material is:

Δ𝐸 = 𝜋𝑘𝛽𝑋ኼ (11.3)

Where 𝑘 is the stiffness, 𝛽 is the hysteretic damping constant, and 𝑋 is the maximum amplitude of
the vibration. The energy loss is thus dependent on the amplitude, but not on frequency. This energy
loss can be modelled with an equivalent viscous damping coefficient [34]:

Δ𝐸 = 𝜋𝑐፞፪𝜔𝑋ኼ (11.4)

Equating Equations 11.3 and 11.4 results in an expression of the equivalent damping coefficient for
hysteresis damping [34]:

𝑐፞፪ =
𝑘𝛽
𝜔 (11.5)
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Furthermore, the loss factor of a material is defined as follows [34]:

𝜂 = Δ𝐸
2𝜋𝑈፦ፚ፱

= Δ𝐸
2𝜋(ኻኼ𝑘𝑋

ኼ
(11.6)

At resonance, this becomes [34]:
𝜂 = 𝑐

√𝑘𝑚
= 2𝜉 (11.7)

Equating Equations 11.3 and 11.6, it is found that the loss factor equals the hysteretic damping
constant. And thus:

𝑐፞፪ =
𝑘𝜂
𝜔 (11.8)

comparing Equations 11.1, 11.2 and 11.8, it can be seen that if for the constant damping ratio 𝜉 in
ansys the value of ᎔ኼ is filled in, the damping matrix in ANSYS equals that of the equivalent damping
ratio of Equation 11.8. This is also suggested by [7].

The loss factor is a material property. In the analysis, three materials are used. For titanium, a loss
factor of 0.00298 was found [41]. For Aluminium, a loss factor of 0.005 was found [69]. For normal
CFRP, a loss factor of 0.008 was found [10, 30]. However, there are methods to increase the loss
factor of CFRP. This is done by including particles in the layer between the plies. This increases the
hysteresis of the material. There are different particles with different effects. One class is the piezo
particles. Coated with carbon black for better electrical conductance, these particles prove to be effec-
tive. An increase to 0.018 seems possible [30, 39, 59, 60]. In the following table, the used loss factors
are used during the vibration analyses.

Material Loss Factor
CFRP [10, 30] 0.008
Ti-69Al-4V [41] 0.00298
Al 7075-T6 [69] 0.005
CFRP enhanced damping [30, 39, 59, 60] 0.018

Table 11.1: Loss factors for different materials

11.4.3. Models
For the harmonic analysis, five different models were used. The models were used to test certain
design features of the system. The following models were used:

• Three boom system
• Four boom system
• Four boom system with ribbons
• Four boom system with ribbons and enhanced boom damping
• Single boom test model

These models were selected to investigate both the effect of increasing the number of booms to
four, the effect of the ribbons on the system, and the effect of the enhanced damping of the CFRP on
the behaviour of the system. The single boom test model was added in order to provide data to validate
the analyses with a test that has to be performed later in the DST project. The data obtained from the
single boom model is not presented in this thesis, since it does not add directly to the design of the
system, but rather will be a tool to validate the simulations later in the project. The models are given in
Figure 11.9. Note that the three boom model also has ribbons. These ribbons were given a very low
stiffness and preload. The reason they were included was to compare the results with the other models.
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Without the ribbons, no preload could be applied to the system, which makes it impossible to perform a
static structural analysis, and another analysis layout would have been needed. Furthermore, the four
booms models (with and without ribbons and enhanced damping) all use the same solid model. The
difference between the models is in the assigned ribbon stiffness, preload, and material damping.

(a) Thee booms

(b) Four booms

(c) Single boom

Figure 11.9: The models used in the harmonic analysis.

11.4.4. Hand Calculations
The system is modelled using a base excitation based on the spectrum of a reaction wheel. The hand
calculations discussed in this section are based on a single acceleration, taken at a specific wheel speed
and excitation frequency from the same excitation spectrum. For a damped system, the reaction of the
system to a base excitation can be calculated using the following equation [34, 58]:

𝑋
𝑌 =

√ 1 + (2𝜉𝑟)ኼ

(1 − 𝑟ኼ)ኼ + (2𝜉𝑟)ኼ
(11.9)

In this equation, 𝑋 is the amplitude of the response of the system, 𝑌 is the base excitation amplitude,
𝜉 is the damping ratio, and 𝑟 is the frequency ratio, 𝜔/𝜔፧.

The amplitude of the response of the system in meters is required, However, the base excitation is
given in acceleration:
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𝑦ፚ = 𝑎 ⋅ 𝑐𝑜𝑠(𝜔𝑡) (11.10)

To get the base excitation in meters, the acceleration is integrated two times. The amplitude of the
base displacement excitation is then:

𝑌 = 𝑎
𝜔ኼ

(11.11)

The three boommodel has eigenfrequencies at 3.8 and 5.8 Hz. At these frequencies, the maximum
base excitation is 0.2 𝑚𝑚/𝑠ኼ. This results in a base displacement amplitude of 0.35 micron at 3.8 Hz
and 0.15 micron at 5.8 Hz. Using for r = 1, and a damping ratio of 0.004 (CFRP, see previous sections)
in Equation 11.9, a response X of 44 micron at 3.8 Hz and 19 micron at 5.8 micron.

The four boom system without ribbons has an eigenfrequency of around 5.4 Hz. The maximum
base excitation is again 0.2 𝑚𝑚/𝑠ኼ, resulting in a system response of around 21.7 micron.

One of the effects of the ribbons is that the eigenfrequency is increased to around 26 Hz. Calculating
the response of the system in the same manner as the concepts without ribbons, it was determined
that the response of the system would be around 1.9 micron. This calculation only takes the effect of
the ribbons to the eigenfrequency into account, the additional effects are ignored. When the damping
ratio is increased to 0.009 (see previous sections), the response of the system was calculated to be
0.8 micron. Again, this does not take any other effects of the ribbons into account besides the increase
in eigenfrequency.

11.4.5. Analysis Setup
In order to include the effects of preload on the system, first a static structural analysis is performed.
Based on these results, a modal analysis is performed. This modal analysis is required for the harmonic
analysis used. The results from the modal analysis is fed into three separate harmonic analyses. Each
harmonic analysis block represents an orientation of the reaction wheel. This way, the effect of placing
the reaction wheel in a specific orientation can be investigated.

The setup for the single boom model is slightly different from the other models. Since it will be a
ground based test, the Earth gravity is added. Furthermore, the ribbons are removed. Apart from that,
the setup is the same as for the other models.

11.4.6. ANSYS Harmonic Analysis Results
In this section, the results of the harmonic analysis will be discussed. First, each model is discussed
separately, after which a comparison between the models is given.

Three Booms
The first model that is discussed is the three booms option. This represents the design before the in-
troduction of the ribbons. The responses of the system to the RW45E spectrum is given in Figure 11.10.
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(a) X displacement of the three boom design due to dis-
turbances in X direction as function of wheel speed and
frequency.

(b) Deformations of the three boom design due to distur-
bances in X direction as function of frequency at 4000
RPM

(c) Deformations of the three boom design due to distur-
bances in Y direction as function of frequency at 4000
RPM

(d) Deformations of the three boom design due to dis-
turbances in Z direction as function of frequency at 4000
RPM

Figure 11.10: Response of the three boom design to the RW45E reaction wheel.

In Figure 11.10a, it can be seen that at the high wheel speeds, the response increase in the range
of 50 to 60 Hz. This can be explained by the fact that at these wheel speeds, the first wheel order has a
frequency in this range. The wheel order is the excitation frequency divided by the wheel speed.The first
wheel order has the highest disturbance forces. Further, it can be seen that the maximum displacement
in this figure is equal at each wheel speed. This can be explained by the fact that the first eigenmode
of the system has a low frequency. The corresponding wheel speed is so low, that the first wheel
order disturbances is still low. In Figure 11.10b, the system’s response to a disturbance force in X
direction is given. The maximum amplitude is at 5.8 Hz and has a magnitude of 21.7 micron. In the
hand calculations, it was calculated that the maximum amplitude at the first eigenfrequency would be
around 19 microns. This lies in the same order of magnitude. The difference might be explained by the
fact that the hand calculations only considered a single material, CFRP. However, the ANSYS model
contains also titanium and aluminium, which have a lower damping ratio. This might result in a slightly
higher response. It is safe to say that the ANSYS results and the hand calculations agree. However,
tests are still required to validate the simulations. This has to be kept in mind. The next largest peak, at
around 60 Hz is two orders of magnitude lower. This next peak is in the range of the higher eigenmodes
of the system.

In Figure 11.10c, the response of the system to a disturbance force in the Y direction is given.
On first sight, it looks similar as the response given in Figure 11.10b, only now the Y response is the
largest. However, the maximum amplitude is now 50 micron. This peak occurs at a frequency of 3.8
Hz. With the hand calculations the calculated maximum response amplitude was calculated to be 44
microns. Again the results are close and the difference can be explained by including other materials
in the ANSYS calculations. And again, test are required to validate the results.
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In the third figure, Figure 11.10d, the system’s response to a disturbance in z direction is given.
The first thing to note is that the maximum amplitude is about one order of magnitude smaller than
the responses to disturbances in the other directions. Second of all, the maximum amplitude occurs
in the X direction. Thus, for this system there is a strong coupling between the X displacement and Z
disturbance forces. Both the stronger response to an Y excitation than an X excitation and the coupling
between the X excitation and Z excitation can be explained by the asymmetry of the three boom design.

Four Booms
In this section, the four boom design without ribbons is discussed. The responses of the design to the
disturbance forces of the RW45E wheel is given in Figure 11.11.

(a) X displacement of the four boom design without rib-
bons due to disturbances in X direction as function of
wheel speed and frequency.

(b) Deformations of the four boom design without ribbons
due to disturbances in X direction as function of frequency
at 4000 RPM

(c) Deformations of the four boom design without due to
disturbances in Y direction as function of frequency at
4000 RPM

(d) Deformations of the four boom design without ribbons
due to disturbances in Z direction as function of frequency
at 4000 RPM

Figure 11.11: Response of the four boom design without ribbons to the RW45E reaction wheel.

In Figures 11.11b and 11.11c, it can be seen that the response of the system to an excitation in X and
Y direction are similar. Only at the higher frequencies, there is a difference between the two excitation
responses. Both responses have a maximum at 5.4 Hz with an amplitude of 25.4 micron. In the hand
calculations it was calculated that the response would be 21.7 micron. The same argumentation for
the difference between the two calculation methods can be given as for the three boom system, and
again, tests are important to validate the results obtained in the simulations.

Unlike the response of the three boom system, the maximum deflection due to an excitation in the
Z direction is in the Z direction. At this point, the deflections in the X and Y directions are negligible.
The second peak is again between 60 and 80 Hz, in the range of the higher eigenmodes.
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Four Booms With Ribbons
In this section, the responses of the four booms with ribbons design to the RW45E reaction wheel dis-
turbances is presented. The responses are given in Figure 11.12.

(a) X displacement of the four boom design with ribbons
due to disturbances in X direction as function of wheel
speed and frequency.

(b) Deformations of the four boom design with ribbons due
to disturbances in X direction as function of frequency at
4000 RPM

(c) Deformations of the four boom design with ribbons due
to disturbances in Y direction as function of frequency at
4000 RPM

(d) Deformations of the four boom design with ribbons due
to disturbances in Z direction as function of frequency at
4000 RPM

Figure 11.12: Response of the four boom design with ribbons to the RW45E reaction wheel.

Again, the responses to an X and Y excitation are comparable. Both Figure 11.12b and 11.12c
have a peak at around 26.4 Hz with an amplitude of 0.377 microns at 4000 RPM. However, since the
eigenfrequency is higher than the first eigenmodes of the designs without ribbons, the influence of the
disturbance of the first engine mode is higher. In Figure 11.12a it can be seen that at 1600 RPM the
maximum amplitude of the response of the system is 0.73 micron. In the hand calculations, it was
determined that at that engine speed, the excitation would be around 1.9 micron. There is thus a dif-
ference between the results. However, the hand calculations only take the increase in eigenfrequency
into account. The results are in the same order of magnitude. To truly validate the results, test have to
be performed, but for now the results from ANSYS are considered verified by the hand calculations.

Four Booms with Ribbons, Enhanced Damping
The damping ratio of the CFRP was increased to investigate the effect of increasing the damping of
the material on the system response to disturbances. The results are given in this section.
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(a) X displacement of the four boom design with ribbons
and enhanced damping due to disturbances in X direction
as function of wheel speed and frequency.

(b) Deformations of the four boom design with ribbons and
enhanced damping due to disturbances in X direction as
function of frequency at 4000 RPM

(c) Deformations of the four boom design with ribbons and
enhanced damping due to disturbances in Y direction as
function of frequency at 4000 RPM

(d) Deformations of the four boom design with ribbons and
enhanced damping due to disturbances in Z direction as
function of frequency at 4000 RPM

Figure 11.13: Response of the four boom design with ribbons and enhanced damping to the RW45E reaction wheel.

As can be seen in Figure 11.13, the response of the system to an excitation in X and Y direction are
similar. The maximum occurs at around 26.4 Hz, with an amplitude of 0.174 micron at a wheel speed of
4000 Hz. However, at a wheel speed of 1600 RPM, the first wheel order disturbance frequency equals
that of the first eigenmode of the system, and the amplitude of the response is 0.337 micron. In the
hand calculations this response was 0.8 microns. The same reasoning for explaining the difference
between the results is used as in the normally damped model discussed before.

The ratio between the enhanced damped response and normally damped result in ANSYS is 0.337/0.73
= 0.46, while for the hand calculations it is 0.8/1.9 = 0.42. The difference between the normally damped
and the enhanced damped model as calculated by ANSYS and hand calculations are close. This veri-
fies the ANSYS results further. It cannot be stated too much that test have to be performed to validate
the simulation results.

Design Comparison
In order to compare the different designs better, the responses are plotted in one figure. This is done
for the X response due to an X excitation, the Y response due to a Y excitation, and Z displacement
due to a Z excitation, see Figure 11.14.
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(a) X excitation (b) Y excitation

(c) Y excitation

Figure 11.14: Responses of the models to the disturbances of the RW45E reaction wheel

In order to compare the systems properly, also a figure was created of the disturbances at a wheel
speed of 4000 RPM, see Figure 11.15.
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(a) X excitation (b) Y excitation

(c) Z excitation

Figure 11.15: Responses of the models to the disturbances of the RW45E reaction wheel at a wheel speed of 4000 RPM

From Figure 11.15, several conclusions can be drawn. First of all, the designs without ribbons show
similar behaviour. Both have a low eigenfrequency and a high response at around 5 Hz. When excited
in the X direction, the systems have a comparable response with an amplitude in the order of 20 micron.
When excited in the Y direction however, the maximum response amplitude of the three boom system
is about twice as large as the four boom design response. Another observation is that the response
of the three boom design to a Z excitation is larger compared to the other designs. This is especially
true for the range of 60-80 Hz. This can be explained by the lack of symmetry in the three boom system.

Comparing the systems with and without ribbons, it can be concluded that the ribbons have two
effects. The first effect is that the first eigenfrequencies are increased to around 26 Hz. The second
effect is the reduction in amplitude of the maximum response. The maximum response of the four
boom system is decreased from 25.4 to 0.73 micron by adding the ribbons. This is further decreased
to 0.337 micron by enhancing the damping of the CFRP.

11.4.7. Harmonic Analysis Conclusion
In this section, the harmonic analysis of the system was discussed. Several conclusions were drawn.
The most important conclusion is that the first eigenmode determines the maximum deformation of the
system. The amplitudes at higher frequencies, even if these frequencies are also eigenmodes, is less
than the amplitude at the first eigenmode. The second conclusion that can be drawn is that the three
boom design responds in a asymmetric way. Due to the asymmetry in the design, the responses to an
excitation in X and Y direction are not equal, and the difference between the maximum is about a factor
of two. The third conclusion is that the ribbons are reducing the maximum deflection of the system
from 25.4 to 0.73 micron. From this it can also be concluded that the maximum deflection in the three
boom design is about 50 times over budget. The maximum deflection of the four boom system without
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ribbons is about 25 times larger than the given optical budgets. Both the four booms with ribbons and
the four booms with ribbons and enhanced damping do fulfil the optical budgets.

It can thus be concluded that adding the ribbons to the design, and thus increasing the number of
booms to four, is beneficial for the stability of the DST. With the ribbons in place, the system can fulfil the
given optical requirements under the used disturbance levels, where the designs without the ribbons
cannot fulfil these requirements.

11.5. Conclusion
In this chapter, the effect of ribbons to the design was investigated. First, the layout of the ribbons was
determined. In previous chapters, the ribbons were connected to the centre of the spider and were
thus in plane with the boom and the spider. In order to also include rotational stiffness it was decided
to span the ribbons between the top hinge and the M1 support structure. The ribbons would then fulfil
a double role since they will also provide the required preload to the kinematic interface of the primary
mirror segments.
The effect of the stiffness of the ribbons on the system was investigated using a modal analysis, while
varying the ribbon stiffness. It was concluded that increasing the ribbon stiffness does increase the
eigenfrequencies of the system. The increase is especially large at low ribbon stiffness. The effect of
added ribbon stiffness is less prominent at a higher ribbon stiffness. This was explained by the fact that
the structure starts to resonate in a way which is not affected by the ribbons.
During the modal analysis, the ribbon stiffness did not necessary represent a real ribbon. M. Corvers,
which designed the primary mirror support structure, determined that the maximum stiffness that still
works with his design was 750 N/mm. This value was used for the harmonic analyses.
The spectrum used for the harmonic analysis was based on a spectrum found in a paper, coming from
the Bradford RW445E reaction wheel. The spectrum was applied to five models. It was concluded that
both the three and four booms without ribbons concepts reacted similarly, although did the three boom
concept have higher amplitudes when excited in the y direction. The maximum amplitude of the four
boom concept was 25.4 micron, while that of the three boom concept was 50 micron. This means that
both concepts are above the optical stability budget.
The four booms with ribbons concept had a maximum deflection of 0.73 micron under the applied
excitation. This is a significant reduction compared to the concepts without ribbons. To test the effect
of enhancing the damping capabilities of the CFRP the boom is made of, a model was made with four
booms and ribbons and a higher constant damping ratio. The result was a further reduction in the
maximum amplitude to 0.337 micron. Enhancing the damping capabilities of the CFRP is thus effective
in reducing the vibration response of the system.
Based on the results, it was concluded that introducing ribbons, and with that a fourth boom, to the
design is beneficial for the vibration stability of the system. Based on these conclusions, it was decided
to change the system design to a four boom system with ribbons. The effect of the introduction of a
fourth boom to the thermal behaviour of the system still has to be investigated.
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12
Final Design & Performance

In the previous chapters, the design of the SMSS was discussed. The design process was described
in a chronological order and since the process was iterative, it is easy to get lost in the details and loose
the overview of the design. In this chapter, the final design is presented. After that, the performance of
the design is checked if it fulfils the requirements given in Chapter 3.

12.1. Final Design
In this section, the final design of the SMSS is presented. In figure 12.1, a render of the entire instrument
is given, including the PMSS. In the renders, the ribbon winches are clearly visible. After the overview
is provided, the different components are discussed in more detail.

12.1.1. M2 and M2 Interface
In this thesis, the design of the secondary mirror itself is not discussed. Currently no weight optimisa-
tion of the mirror is performed. the topology of the mirror will be optimised later in the DST project. For
now, a weight reduction of 70% was assumed, based on [4, 67].

The interface between the mirror and the spider was selected to be a hexapod structure. Since
each rod has to constrain only one DOF, slots were made into the rods. The hexapod design allows for
relative thermal expansion of the spider and the mirror, while keeping the mirror exactly constraint. The
material of the rods was selected to be Aluminium 7075-T6. This material has a high reduced tensile
strength, which is beneficial for flexures. The length of and material of the rods in combination with a
boom with a CTE of 0.8 micron/m/K makes this system athermal. The mirror with its interface to the
spider can be seen in Figure 12.2.
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(a)

(b) (c)

Figure 12.1: Renders of the final model of the DST, as it was in June 2018

Figure 12.2: Render of the spider and the mirror interface

12.1.2. Spider
The spider is the structure connecting the booms via the mirror interface to the secondary mirror. In
the last design iteration, the spider is basically a cross, connecting the four booms. At the centre of
the spider, a circular structure is added. The mirror interface is mounted on this circular structure and
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the diameter of this structure was taken to be 2/3 of the diameter of the mirror. This was based on
literature to minimise the effect of gravity on the mirror. When the exact mass distribution within the
mirror is known, this value has to be updated. Besides the circular structure, there are four cross
beams included in the spider design. The purpose of these beams is to increase the stiffness of the
spider. The cross beams are at the edge of the primary mirror segments, and thus do not block any light.

The outer part of the spider was made wider to increase the stiffness of these parts. The width was
set to 15 mm after a discussion with D. Dolkens. furthermore, the outer parts are made tapered, the
height of the spider is decreasing towards the ends of the spider. The reasoning behind this is that the
tips of the spider are connected to the hinges, which cannot transfer a moment over their rotation axis.
The internal moment at the tips of the spider is thus zero. A render of the spider is given in Figure 12.3.

Figure 12.3: Render of the spider in final configuration.

12.1.3. Top and Root Hinges
The selected concept for the top and hinges was the CORE hinge type. The hinge was selected for
its low hysteresis and friction behaviour, while forming a strong connection between the two parts in
the directions other than the rotation axis. Due to the similarity between the hinges, both hinges were
designed in parallel.

It was decided to use titanium Ti-6Al-4V as the material for the strips connecting the two cams.
The strips are rolling over a cylinder with a radius of 29.7 mm, while cylindrical areas where the two
cams touch has a radius of 35 mm. This difference makes it possible to create a preload normal force
between the cams. This is required to ensure the cams do not separate during launch.

Three parameters were selected to be used as design optimisation parameters. These were the
total width of the strips, the cam inner radius, and the metal strip thickness. An optimal point was found
using a simple grid search.

The preload on the strips is provided by a bolt in combination with belleville washers. This setup
ensures a stiff connection between the strip and the cam, while having a precise preload on the flexures
with relative low sensitivity to environmental influences. An overview of the design parameters is given
in Table 12.1.

The ribbons spanning from the PMSS to the SMSS are connected to the top hinges. Due to possible
manufacturing difficulties, the root hinge was divided in several components. Figure 12.4 gives the
renders of the two hinges. Note that in Figure 12.4b, the winch system for the ribbons as created by
M. Corvers is also visible.
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Table 12.1: Overview of the general dimensions of the CORE hinges.

Parameter Dimensions [mm]
Strip thickness 0.3
Strips total width 31
Outer radius cams 35
Inner radius cams 29.7
Fillet radius 0.5
Cam contact surface width (total) 20
Total width 54
Bolt size M4

(a) Top hinge (b) Root hinge

Figure 12.4: Renders of the top and root hinges in the final design.

12.1.4. Booms and Mid Hinges
The booms and the mid hinges are one structural part. The booms have a diameter of 70 mm, with a
wall thickness of 0.5 mm. The boom is made from CFRP. The hinging of the boom occurs by elastically
deforming the slotted area of the boom. The layup of the boom has not been determined yet. The layup
will dictate the properties of the boom, and thus also the mid hinge. The outer dimensions of the boom
have been determined, together with the required CTE. The CTE was set to 0.8 micron/m/K, which is
believed is achievable. This CTE was used within the athermalisation of the SMSS. A change in CTE
of the boom requires a different length of the rods in the mirror interface. Only the deployment torque
is still unknown and has to be investigated in the future. The required deployment torque depends
mainly on the internal friction in the system and the required deployment kinematics. The parameters
are given in Table 12.2.

Table 12.2: Design parameters for the booms with integral slotted hinges.

Parameter Value
Diameter [mm] 70
Wall thickness [mm] 0.5
Total length [mm] 1765.7
Midpoint hinge [mm] 658
CTE [micron/m/K] 0.8
Deployment torque [Nm] [TBD]
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12.1.5. Ribbons
In the first modal analyses, it was observed that in the modal shape of the first eigenfrequencies the
spider translates. The introduction of ribbons spanning from the PMSS to the top hinges of the SMSS
should decrease the movement of the spider in the first eigenmodes. The ribbons were made out of
Kevlar® and were given a width of 8 mm and a thickness of 1 mm. This resulted in a ribbon stiffness of
750 N/mm. The sizing of the ribbons was performed by M. Corvers, since the ribbon design was mainly
constraint by the PMSS. The concept was tested with an harmonic analysis in ANSYS. The ribbons
reduced the response amplitudes from 25.4 to 0.73 micron.

12.1.6. Mass
The design of the SMSS is currently already in a detailed stage. Based on the CAD models made and
the materials chosen, a mass estimate of the entire system can be made. The overview of the mass of
the components in the system is given in Table 12.3. It is concluded that the total mass of the system
is about 7.8 kg. In this estimate, the mass of the bolts needed within the system is included. The mass
of the adhesives is not included, although it is expected that the combined weight of the adhesives will
be a few grams at most. Furthermore, the interface to the instrument bus had not been designed yet,
which can alter the weight of the system.

Table 12.3: Overview of the mass of the final design of the SMSS.

Component Subassembly Full Assembly
Subassembly Part # Mass/piece

[kg]
# Mass

[kg]
Root hinge

Bus interface 1 0.305 4 1.22
Cams bus side 1 0.237 4 0.948
Tension block 1 0.022 4 0.088
Tension bolt 3 0.002 12 0.024
Cams boom side 1 0.228 4 0.912
Boom interface 1 0.111 4 0.444
M5 bolt 5 0.013 20 0.26
M5 nut 5 0.002 20 0.04
Outer strip 2 0.001 8 0.008
Inner strip 1 0.004 4 0.016
Total 0.991 4 3.964

Top hinge
Cams boom side 1 0.163 4 0.652
Cams spider side 1 0.086 4 0.334
Tension block 1 0.012 4 0.048
Tension bolt 3 0.002 12 0.024
Outer strip 2 0.001 8 0.008
Inner strip 1 0.002 4 0.008
Total 0.273 4 1.092

Boom 1 0.259 4 1.036
Spider 1 0.584 1 0.584
Mirror interface

Rods 2 0.014 6 0.084
Top plate 2 0.001 6 0.006
Base plate 1 0.004 3 0.012
Total 0.034 3 0.102

Mirror 1 1.01 1 1.01
Total 7.8
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12.2. Design Performance
In Chapter 3, the requirements for the system were given. To check if the final design is compliant
with the requirements, the design was checked. The result is given in Figure 12.5. The table will be
explained in this section.

Based on the CATIA files, it was concluded that the total mass of the system is 7.8 kg, which is lower
than the maximum stated mass of 14 kg, and thus the system complies withM2-SYS-01. Based on the
model, the system will stay within the allocated space, and thus the system complies with M2-SYS-03
and M2-SYS-04. In the model, it can also be seen that the mirror is indeed extended 1.6 m above the
vertex of the primary mirror segments, and the system complies with M2-MEC-01.

In Figure 12.5, it can be seen that behind the requirements concerning the deployment and drift
budgets TBC is written. This stands for To Be Confirmed. No thermal or deployment analysis have
been performed, so no conclusions about the performance on these requirements can be drawn. It
is however thought that the deployment budgets can be reached. This because all hinge concepts
have low hysteresis. They all depend on elastic deformation or pure rolling contacts. These forms of
deformation/relative motion have very little hysteresis. This means that the repeatability of the system
as a whole will be high. However, before tests are performed, no hard evidence can be provided, and
thus it cannot be stated that the system complies with the requirements. The requirements M2-MEC-
08, M2-MEC-09, M2-MEC-16 and M2-MEC-17 are requirements concerning the M2 mirror itself. This
thesis did not focus on the design of the M2 mirror, and are currently not really relevant to the SMSS.
This automatically means that it can currently not be checked if these requirements are met.

The compliance of the system with the requirements on the stability (M2-MEC-18 to M2-MEC-24)
is proven with the results given in Chapter 11. Although it must be stated that actual test still have to
be performed to validate the simulations.

The launch requirements are already checked if they are met for the top and root hinges, but not
yet for the booms. The critical load case for the booms is buckling. The critical stress in circular booms
is [2]:

𝜎፫ =
𝜋ኼ𝐸𝐼
𝐴𝑙ኼ (12.1)

Where 𝜎፫ the critical stress is, 𝐸 the young’s modulus of the boom, 𝐼 the area moment of inertia of the
boom, 𝐴 the cross sectional area of the boom, and 𝑙 the length of the boom. The critical stress for this
case is about 370 MPa. The stress within the booms can be calculated with:

𝜎፞፪ =
𝑃
𝐴 +

2𝑀
𝐴𝑅 (12.2)

Where 𝑃 is the axial force (positive for compression), 𝐴 the cross sectional area of the boom, 𝑀 the
moment acting on the boom, and 𝑅 the radius of the boom. With the three load cases considered, the
30 G in the (X +Y), (Y + Z), (X + Z) directions, see Chapter 4, the highest stress within the boom is
150 MPa, which is lower than the critical buckling load. The launch requirements are met, except for
requirement M2-MEC-25-04 which still has to be confirmed. Since one of the child requirements are
not confirmed yet, the parent requirement M2-MEC-25 cannot be confirmed yet.

The AIT requirements, M2-MEC-27 to M2-MEC-29 are confirmed. By inspecting the design, it can
be seen that all components of the SMSS can be produced using well known production methods, like
CNCmilling. Furthermore, the system allows for separate assembly of the SMSS components and thus
the system does not interfere with other systems during this stage of development. The testing of the
SMSS can be done without the need of replacing any components, since all moving components rely
on elastic deformation and pure rolling contacts. The locking of the booms is achieved by the shape of
the material and is fully reversible.
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13
Conclusion

In the previous chapter, the final design of the secondary mirror support structure was given. It was
the result of the work performed during this thesis, with as as purpose to answer the following research
question:

How can the secondary mirror support structure of the Deployable Space Telescope project be de-
signed such that it fulfils the optical alignment budgets?

In this chapter, the conclusions drawn in this thesis is summarised. After that, the research question
will be answered.

Previous Design The previous design of the SMSS was made by J. W. Lopes Barreto for his MSc.
thesis. In his work the focus lay on the trade-off between different deployment concepts for the sec-
ondary mirror. The hinges presented in his thesis were still in a conceptual design. In the way the
hinges are installed in the design, the system cannot be stowed in the required configuration. The
analysis performed in his thesis showed that the system did not fulfil the optical requirements.

Number of Booms To prevent the booms from colliding during stowage, it was suggested to increase
the length of the spider. This results in that the booms in deployed condition will not be parallel. The
hypothesis was that this new geometery could increase the stiffness of the structure, next to solving
the stowage problem. However, results from the modal analyses performed in Chapter 8 show that the
slight change in orientation of the booms did not have an effect on the eigenfrequencies of the system.

A design containing three booms instead of four booms was selected. This was done to prevent
overconstraining the structure. The reduction of booms from four to three do not affect the stiffness
significantly according to the results obtained in the analyses performed in the thesis. This was seen
in both the modal analyses performed for the mid hinge trade-off in Chapter 7 and in the harmonic
analyses based on a disturbance spectrum taken from the RW45E reaction wheel from Bradford in
Chapter 11.
Although the effect of removing a boom on the stiffness of the system is limited, it was decided in
Chapter 11 to abandon the three boom design and go back to the four boom design. The decision was
based on the fact that the effect of adding ribbons to the design on the total deformations of the system
during harmonic loading was significant. Due to the interaction with the primary support structure, a
three boom design was not possible anymore. The conclusion was that the increase in stiffness and
introducing symmetry in the design is favoured over exactly constrained design in this situation.

Flexures In Chapter 5 it was chosen to design the SMSS as an exactly constrained structure. When
treating the booms as stiff members, flexures are needed to prevent the system from being overcon-
strained. These flexures are actively participating in the vibrations in resonance according to the results
obtained in Chapters 7 and 8. Removing the flexures from the design has a limited effect on the first
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eigenmodes, but has a significant effect for the higher eigenmodes according to the results obtained in
Chapter 8.

Another observation from these analyses is that the booms do not act as rigid bodies, and the
first modes are dominated by the boom properties. In Chapter 8, the spider dimensions was also
altered. With the new spider design, the booms are an order of magnitude less stiff than the spider.
The flexibility of the booms has the thus same effect as the added flexures. Due to the lack of added
value, the flexures were removed from the design. The connection between the hinge and the spider
is thus a rigid connection.

Mid Hinge Design In the design made by J. W. Barreto the top, mid, and root hinges were spring
actuated hinges with a hard stop. One of the recommendations he gave was to investigate the hinge
design in more detail.

For the mid hinge, a trade-off was made. Three different concepts were selected for this trade-off:
ball bearing hinges, strain energy hinges, and shape memory composite hinges (SMC). From literature,
it was concluded that the SMC does not fulfil the deployment accuracy requirement. The result of the
trade-off was that the integral slotted hinge, being a form of strain energy hinge, was the best option in
this application. The thermal behaviour and its low mass were decisive features in this trade-off.

System Parameters In Chapter 7, a modal analysis was performed. The results of this analysis show
that the width and height of the spider had a significant influence in the modal response of the system
at higher frequencies. From this result, a new spider design was made. It was also shown that by
locking the hinges, the stiffness of the system increases, but only by a factor of about two.
The main conclusion that can be drawn from the analysis is that the layout of the system, thus long thin
booms, has the largest influence on the modal behaviour of the system.

Top and Root Hinges The top and root hinges were designed in more detail. The trade-off between
the different concepts considered resulted in the selection of the CORE type hinge for both the top and
root hinge. It was concluded that the combination of low hysteresis and high stiffness would increase
the accuracy of the system.
From the equation for the stress state in the strip given in Chapter 10 it was observed that three param-
eters determine the stress state at a given load case. These parameters are the width of the strips, the
radius of the cams, and the thickness of the strip. With this three parameters the top and root hinges
were optimised.
From the equation for the stress state of the strip, it was concluded that the lowest stress level is
reached when the difference in CTE of the cams and the strips are lowest. Since titanium was selected
as material for the strip, the smallest strip width is reached with titanium cams and since a larger strip
width will result in a larger, heavier hinge, titanium was selected as material for the cams.
According to the trade-off, the best option is to use a combination of a bolt and belleville washers to
apply the preload to the strip.
Since both the cams and the strips are made from titanium, cold welding was a potential problem.
Different surface treatments were investigated in Chapter 10 and a Keronite surface treatment in com-
bination with a 𝑀𝑜𝑆ኼ layer was selected for the cams of the hinges.

Ribbon Design In the results of the modal analyses performed in Chapters 7 and 8 it was observed
that the spider moves significantly in the lower eigenmodes. The use of ribbons to prevent this motion
was suggested. This suggestion was tested by running an harmonic simulation in Chapter 11. The
results from this analysis show that the ribbons are effective in reducing the response of the system
to base excitations. The maximum amplitude of the system was reduced from 25.4 to 0.73 micron by
adding the ribbons. This reduction is enough to bring the system within the optical budgets.

The effect of damping was also investigated. By increasing the material loss factor from 0.008 for
CFRP to 0.018, the amplitude of the peak responses of the system was reduced by almost a factor of 2.
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The results of the harmonic analysis show that the response of the three boom system is less
symmetric compared to the four boom systems: excitation in the X direction did not result in the same
response as excitation in the Y direction. Furthermore, excitation in the Z direction resulted in a large
response in the Y direction.

Conclusions The goal of this thesis was to answer the research question:

How can the secondary mirror support structure of the Deployable Space Telescope project be de-
signed such that it fulfils the optical alignment budgets?

In this thesis, it was concluded that the budgets can be fulfilled by using an integral slotted hinge
as mid hinge in the booms. Since the rotational DOF is provided by elastic deformation, the hysteresis
within the hinge is very low, which is good for the deployment budget. The continuous thermal path and
the fact that a flexible, high conductivity layer can be applied on this concept make the integral slotted
hinge the best option for the mid hinge, thermally speaking.

It was concluded that by using CORE type hinges for the top and root hinges the system has the
highest chance of reaching the deployment requirements, and with that, the optical budgets.The de-
ployment error will probably be low due to the fact that the CORE hinges rely on elastic deformation
and pure rolling motion, and have thus low hysteresis. This still has to be tested. Furthermore, the
layout of the hinge will ensure that the system can survive launch.
It was concluded during the thesis that by introducing ribbons spanning between PMSS and the top
hinges of the SMSS, the SMSS response to vibrations is significantly reduced, and can meet the optical
stability requirements.

In short, the answer to the research question is thus: by designing the SMSS with integral slotted
hinges as mid hinges, CORE hinges as top and root hinges, and ribbons spanning between the PMSS
and the top hinges of the SMSS.
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Recommendations

During this thesis, a lot of progress was made in the design of the SMSS. There is however still a lot
of work to be done. In this chapter, the recommendations for future development of this system are
given.

Thermal Design During this thesis, the thermal aspect of the design has not been covered in detail.
It is recommended that more analysis is performed on this aspect of the design, especially since now
the design has four booms again and is thus overconstrained. It is also recommended to investigate
the use of pyrolytic graphite on the exterior/interior of the booms and other components of the system
to increase the thermal conductivity, and with that reduce the gradients within the system. The pyrolytic
graphite sheets are flexible, thus they do not interfere with the mid hinge. Since the hinges are only
thermally connected via contact conductance, it is important to investigate a way to thermally couple
the two halves of the hinges. This could be done with a flexible thermal strap for instance although this
may introduce a required deployment torque.

The reduction of the gradients in the system reduces the thermal distortions. In combination with
the athermal design of the system, the effect of temperature changes should be reduced. Even with
the recommended use of the highly conductive pyrolytic graphite, gradients will be present within the
booms when they are partially subjected to incoming heat fluxes. The use of a sleeve around the
booms to minimise the gradients in the booms should be investigated. The heat flux is then absorbed
by the sleeve, after which it is then partially radiated to the booms. This extra step in the heat transfer
can result in a significant reduction in thermal gradients within the booms, especially when the radiation
between the booms and the sleeves is minimised. Care must be taken that the sleeves are thermally
insulated from the rest of the system. Furthermore, the sleeves must not be directly connected to both
the root and top hinges to prevent the development of thermal stress within the system, resulting in
the deformations that the sleeves had to prevent. A solution could be to make the sleeves from two
parts, one connected to the top hinge, the other at the root hinge. The interface between the two parts
could be similar to a spline joint used in drive shafts (the two parts having a different diameter, and
one ’slides’ over the other, preventing light/external heat fluxes from impinging on the boom, without
imposing any loads on each other).

Apart from the booms, it was observed that the spider is subjected to incoming heat fluxes as well.
In order to limit the influence of these heat fluxes on the system, a form of heat shield or thermal coating
is required for the spider. This of course should not block the light for the primary mirror segments. By
protecting the spider from thermal fluxes, the temperature of the spider itself will become more con-
stant. Lowering the thermal fluctuations within the spider will decrease the gradients within the system.
This in combination with an athermal design will decrease the thermal drifts of the system.

During LEOP, the system is not protected by the baffle. A detailed study on the temperature devel-
opment in the system during this phase of the mission still has to be performed.
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Boom Design In this thesis, the mid hinge was selected to be a integral slotted hinges. The overall
system parameters have been set for this system, apart from the deployment torque. It is recommended
to do a kinematic analysis in ADAMS or a similar software to investigate the deployment kinematics of
the system, and to determine the required deployment torque.

Apart from that, the layup of the boom has to be designed in detail. The layup will determine both
the deployment torque and the CTE of the booms. It is recommended to get back in touch with P. Greff
to discuss further collaboration. This discussion was postponed due to the lack of design requirements
for the boom, but since these requirements were determined during this thesis, talks about possible
cooperation between the DST team and SpaceTech can be restarted.

Top and Root Hinge Designs It is recommended to produce a prototype of either one of the hinges
or both to test the working principle of the hinge. When the working principle is proven, the hysteresis
and friction within the hinge can be tested. This test can be done in combination with the tests of the
mid hinge. Also the deployment of the booms can then be tested.

Since the hinges are all made out of the same material, cold welding is a potential problem. Tests
with the suggested surface treatment have to be performed in order to verify that the surface treatment
is effective against cold welding, both under impact and fretting.

It is further recommended to perform ultimate load tests, to verify if the hinge design can survive
the load it was designed to take.

Another recommendation is to look into the adjustment of the hinges. Currently, it was decided to
perform adjustments for production/assembly errors directly at the secondary mirror (although such a
system was not included in the design yet). It could also be interesting to investigate if the hinges could
be made adjustable. This could be done in a similar way as how the preload is applied to the system.
The adjustment can take place at the outer strips since the inner strip is already used for introducing
the preload to the strips.

Currently the hinges do not have hard stops. If the test on repeatability conclude that the system
is not accurate enough, the use of hard stops within the hinges could be investigated. The booms can
then be used to provide the nesting force by ensuring that the booms are slightly under bending when
both hard stops are engaged. These hard stops can also increase the stiffness of the system in stowed
configuration since the hard stops of the top hinges are engaged during launch.

Ribbons The current design has ribbons spanned between the PMSS and the SMSS. It is highly
recommended to investigate what the effect of linking the two systems is on the stability and accuracy
of both systems. If this link would be a problem, it is suggested to investigate the design of separate
arms next to the primary mirror segments on which the ribbons to the SMSS can be attached. With the
separate arms the ribbons can be kept in the design without linking the PMSS and the SMSS. The ef-
fect of preloading the ribbons after deployment on the system’s repeatability also has to be investigated.

It is also recommended to look in the design of the ribbons. The material has a large influence on
the effectiveness of the concept. Furthermore, a coating needs to be selected that both protects the
ribbon fibres, allow for stowage, and has good optical properties.

It is very important that tests are performed to validate the vibration results obtained on both the
models with and without ribbons. These tests do not necessarily have to be performed on the full
models directly, but can first be performed on simpler test models to reduce the production time and
cost. When these tests are successfully performed, full model tests can be performed. It is important
that eventually tests on the full model are performed.

Spider The design of the spider can still be further optimised for mass and stiffness. Furthermore,
the layup of the CFRP is still not known. This and the thermal properties of the spider have to be in-
vestigated in more detail. Furthermore, the production method of the spider still has to be investigated.
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It is also suggested to change the name of the spider into the spider web, since the shape of the
spider looks more like a spider web than a spider.

Mirror Interface The mirror interface is currently seen as the best position to perform adjustments,
since the mirror position is directly adjusted. However, the current design is not adjustable and a new
design should incorporate the adjustment function in the design. As stated before, the boom layup
has to be determined. When the layup is known, the final CTE of the boom will be known. The mirror
interface length has then to be updated to keep the system design athermal.

Mirror The design of the mirror was not part of this thesis. The mirror topology can be optimised for
mass and stiffness. The effect of the mirror interface on the mirror surface under the applied thermal
and launch loads has to be simulated and tested in order to check if the requirements on the mirror
surface is met under these conditions.

Coatings and Materials It is highly recommended to look into the surface coatings for the system.
These coatings are different from the surface treatments needed for the root and top hinge cams since
the surface treatments in the hinges are to prevent cold welding. These coatings have the main task
to keep the scattering to a minimal, and thus limit the amount of stray light in the system.
The effect of outgassing of the system on the alignment of the mirror, and on contamination of the
system due to outgassing of materials still has to be investigated. This would be mainly a concern for
the CFRP components.

Hold Down and Release Mechanism During launch the system has to be kept in stowed configura-
tion. Currently, no investigation into the hold down and release mechanism (HDRM) was performed.
It is thus recommended that this mechanism is investigated and designed in detail. The design will
depend on the system behaviour during launch. The system eigenfrequency and modes in deployed
configuration still have to be investigated, and these results will determine the design requirements on
the HDRM.





A
Call with SpaceTech GmbH

Call with Pierrot Greff from SpaceTech GmbH, Immenstaad, Germany
Subject: Collapsible tube hinge (integrated slotted hinge)
Date: 20-11-2017

First of all, the hinge for the JUICE mission was not a standard product. It was a one off design.
This is because the hinge design is highly depending on the use of the hinge (required stiffness, torque
etc.)

Hinge size: The hinge for the JUICE mission was 40 mm round. However, the concept can be made
for different sizes in this range (he suggested 40 – 60 mm was not a problem, smaller is definitely
possible) The thickness of the system of the JUICE mission was 0.4 mm. The slotted area was about
20-25 mm long. However, this is highly dependent on the design.

Accuracy: when deployed, the system is very accurate. Micron level is definitely possible. When
discussing the 10-15 micron deployment accuracy, he suggested that this would not be a problem at
all. Submicron precision could become a problem (0.5 micron for example) Also in combination with
the 1.6 m boom, accuracy was not a problem.

Stored energy: could be a problem. He asked if there is friction in the system. Without friction, the
system will deploy, even though it can take some time due to large inertia and lower torque. The stored
energy highly depend on the design of the hinge. Toomuch energy can cause overshoot, especially with
a high inertia of the system. This can be prevented by including a damper on the mirror, or a hard stop
in the system, although this would increase the mass. Overshoot is not dangerous in the sense that the
torque will switch sign, and eventually the system will lock. However, it might be dangerous for hitting
the spacecraft. During operations, when the load becomes too high, it might happen that the hinge
collapses/breaks. However, when the load is removed, the hinge will lock again. This could happen
during a high rate slew manoeuvre due to inertial forces. The chance increases with an increasing top
mass.

Thermal: The hinge is part of the boom, thus actually the boom is made after which the slots are cut
into the boom to create the hinge area. The layup of the material is 0°-(15-20°)/90°, 0.4 mm thick. The
conductivity can be altered by using different fibres that have a better conductivity. The CTE can be
altered a bit by varying the layup. There is a bit of room to change the layup. A CTE close to 0 can be
possible. In folded condition, the CFRP will be under large local stress. At elevated temperatures, this
can lead to creep. Room temperature is not a problem at all, it gets dangerous from around 100°C.
After deployment, the temperature range is determined by the matrix ( 200-250°C depending on the
matrix type). A fast deployment after launch is beneficial (less chance on creep etc.)
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Stiffness: Highly dependent on the boom properties, and hinge cut-out. Before this can be deter-
mined, first the boom has to be designed in detail. A good first approximation would be to take the
stiffness of the boom (without the hinge) and reduce the stiffness by 20% to account for the stiffness
reduction due to the hinge. Then increase the boom diameter until the required stiffness is reached
with a thickness <0.5 mm. (0.5mm is about the limit of the thickness with which the folding still can
work.)

General remark: For now Pierrot cannot give more information, since that would require a deeper
investigation into the project/case, and that costs money (it is a company of course). At this stage of
the design there is not much know about the critical factors, which is very important for the final design.
However, when the design is in a further stage (boom diameter, thickness, available budget :P etc.) he
is happy to help, and can be contacted, either by mail (through original address that I already used) or
by phone (saved number).
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