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Abstract

The focus of this thesis is the preliminary design optimization and performance analysis of
non-cavitating centrifugal turbopumps using a 1D lumped-parameter method. Centrifugal
pumps are critical components in many engineering applications due to their high efficiency
in converting mechanical energy into fluid pressure. This study presents the development
and validation of a computationally efficient model to design and predict the flow properties
along different stations of a centrifugal pump. The methodology minimizes the reliance on
expensive CFD simulations, making use of multiple design parameters to control the im-
peller, diffuser, volute, and exit cone configurations to ensure a robust and efficient performance.

A common challenge in turbopump design is the prediction and mitigation of cavitation,
which occurs when the fluid static pressure falls below its vapor pressure. This leads to the
formation and subsequent collapse of vapor bubbles, which can cause severe damage to pump
components. Given the complex physics involved, this work makes use of reduced-order
models to predict, and avoid cavitating regimes through design adjustments.

This thesis provides a comprehensive framework for optimizing the design of centrifugal
turbopumps by integrating validated loss models and a reduced-order modeling approach.
The proposed design methodology is applied to develop a centrifugal pump for the TU Delft
ORCHID facility, demonstrating its feasibility and effectiveness. This research contributes a
practical modeling tool for centrifugal turbopump optimization and performance analysis.

ii
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1.1

Introduction

This thesis explores the preliminary design and optimization of centrifugal pumps, which
are highly valued in many engineering fields. The goal is to develop and validate a program
capable of quickly designing and predicting flow properties along various stations in a pump.
Based on the latest available literature, this can be achieved in a computationally efficient
manner with a 1D lumped-parameter model. The idea is to minimize the CFD simulations
required to design an efficient and robust machine. The presented model can analyze and
optimize the performance of a pump with an impeller, diffuser, volute, and exit cone.

To do this, cavitation must be considered, as it is a major limiting factor in the design and
operation of high-speed pumps. This phenomenon often occurs around the pump inlet, when
the working fluid static pressure falls below its vapor pressure P < P,. This causes the liquid
to change phase into a gas. Then, as the pressure within the pump rises, the fluid pressure
increases past the vapor pressure P, again, causing the gas bubbles to collapse rapidly. This
collapse is an extremely high-energy event that causes damage to any surface in its vicinity.
Thus, predicting and mitigating cavitation is often a major effort in pump design.

The challenge is that cavitation is an extremely localized and three-dimensional effect that
cannot be accurately captured without expensive multi-phase CFD simulations or experimental
campaigns. The approach here is to conservatively predict the inception of cavitation and
avoid it through design choices.

Turbomachinery

Turbomachines are energy conversion devices that continuously convert mechanical energy
into thermal or pressure energy between a fluid and a rotating machinery component or 'rotor’.
The thermal or pressure energy in the fluid can be in kinetic or static enthalpy form and can be
converted in either direction through a diffuser or nozzle, called stator’ [59].

The term "turbo" originates from Latin, referring to something that spins or whirls. A rotor or
impeller alters the stagnation enthalpy of the fluid passing through it by performing either
positive or negative mechanical work. These enthalpy changes are closely related to the net
pressure changes within the fluid [25].

As shown in Figure 1.1, the various types of turbomachines can be categorized into several
groups based on different criteria. First, based on the direction of energy transfer, turbomachines
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can either be work-absorbing, such as fans, compressors, and pumps, which elevate fluid
pressure or head, or work-producing, such as wind, hydraulic, steam, and gas turbines, which
expand a fluid to a lower pressure or head. Second, turbomachines can handle compressible
fluids (gases) or incompressible fluids (liquids) based on the fluid type. Lastly, based on the
direction of flow through the rotor, turbomachines can be classified as axial, where the flow
path is mainly parallel to the axis of rotation; radial, where the flow path is mainly in a plane
perpendicular to the axis of rotation; or mixed, where the flow at the rotor outlet has significant
radial and axial velocity components.

Rotor blades Rotor blades
Qutlet vanes

Outlet vanes
Flow — Flow —=

o Guide vanes Runner blades
Flow direction

Outlet diffuser

Flow — - Flow

v

Vaneless diffuser

Volute Draught tube
Impeller

Flow == = Flow Wheel
L Inlet pipe

Flow

Draught tube
or diffuser

(e) (f)

Figure 1.1: Examples of turbomachines: (a) Single stage axial flow compressor or pump, (b) mixed flow pump, (c)
centrifugal compressor or pump, (d) Francis turbine (mixed flow), (e) Kaplan turbine, and (f) Pelton wheel. [25]

Literature Study

This section reviews the history, current turbomachinery landscape, and recent developments.
While a general overview of turbomachines is given, the review of design and analysis methods
is limited to the scope of this work: centrifugal turbopumps.

Applications

Turbomachines are everywhere. They are essential components in power generation, trans-
portation, refrigeration, construction, chemical processing, computer cooling, hydraulics, and
medical devices, among many other applications.

In central power plants, steam turbines convert thermal energy into mechanical energy to power
electric generators. Pumps handle liquid water, such as boiler-feed pumps and condensate
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pumps. Turbomachines are also key in energy-producing systems like hydropower, wind
power, and geothermal installations.

Gas turbine engines, including multistage axial-flow turbines and compressors, are essential in
aircraft and industrial power plants. Centrifugal types are used in smaller engines for ground
operations, marine vessels, aircraft, and automotive turbochargers. Pumps, fans, blowers,
and compressors pressurize and transport liquids or gases in fluid-handling systems across
industries. These systems are crucial in HVAC systems, water supply, treatment, irrigation, oil
production, refining, gas transport, chemical processes, and other industries.

Modern turbofan and turbojet engines are great examples of turbomachinery innovations in
the aerospace industry. They use (mostly) axial compressors and turbines to power themselves
and propel the aircraft forward. Open propellers are also a form of turbomachine, as they
increase the momentum of the air passing through them. Spacecraft use some of the most
advanced turbomachinery designs to feed propellant and oxidizer into their engines, given
their need for high power density.

Finally, organic Rankine cycle (ORC) power systems are a rising application for low specific-
speed turbomachines for converting renewable and waste thermal energy. ORC technology is
very flexible and is often the only applicable technology for converting external thermal energy
sources. As the name suggests, ORC power systems use complex organic compound fluids in a
Rankine thermodynamic cycle to recover waste heat from low-temperature sources. The role
of turbomachinery in ORC systems is growing, and advancements in the integrated cycle’s
efficiency recovering waste heat can enable new energy management technologies [28], [45], [5]
and have a huge effect in the fight against climate change [16].

Historical Developments

Turbomachinery has a rich history dating back to ancient Greece. Over time, water wheels
and early turbines like Leonardo da Vinci’s smoke jack began harnessing air and water flow for
mechanical work. The Industrial Revolution saw the rise of steam turbines, with Carl Gustaf de
Laval and Charles Parsons pioneering impulse and reaction turbines, respectively. Gas turbines,
introduced by John Barber in 1791, evolved significantly by 1903 when Zgidius Elling built the
first gas turbine producing positive net power.

The development of modern turbomachines began in the 18th century, with major pump
development initiated in 1705 by Denis Papin, who detailed centrifugal blowers and pumps.
Crude versions remained prevalent in the US until the early 19th century. In 1839, W. D.
Andrews introduced a volute, and in 1875 Osborne Reynolds patented a vaned diffuser in
England. By 1884, Charles Parsons patented an axial-flow compressor, followed by a three-stage
centrifugal compressor for ship ventilation in 1887. By 1899, he achieved an 81-stage axial-flow
compressor with 70% efficiency but encountered issues, reverting to centrifugal machines in
1908. Concurrently, August Rateau in France contributed to compressor development, focusing
on gas turbine engines.

The modern-day development of turbomachinery has skyrocketed from Parsons’ early design,
from producing 0.746 kW, to modern nuclear steam turbines producing upwards of 1500
MW. In 2021, steam turbines in various types of power plants accounted for roughly 45% of
the electrical power generated in the United States. With engineers constantly striving for
increased efficiency, current industrial steam turbines operate with over 60% efficiency and an
inlet temperature of 1600° C [59].
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Recent Developments

Advancements in the miniaturization and efficiency of high-speed electric motors (up to
1 million rpm) [81] are allowing for new technological innovations making use of small-
scale, high-speed turbomachinery (analogous to low specific-speed n,). For example, [64]
investigates the design and optimization of small-scale radial compressors for domestic heat
pump applications, which could reach up to 250 krpm, showing that the residential sector
accounts for around a third of global energy consumption. The miniaturization of efficient
turbomachines combined with the development of ORC systems unlocks waste heat recovery
for the transportation sector, as shown by [9] applied to heavy long-haul diesel truck engines,
given that 40-50% of energy in fuel-driven power generation is usually dissipated as heat [66].
Following this trend, a study on the combined-cycle turboshaft engine with an ORC bottoming
unit on an aircraft with a turbo-electric propulsion system shows the potential for around 4%
fuel savings [45].

In addition, oil-free bearings are a key enabling technology of efficient high-speed turboma-
chinery, as they eliminate the need for lubricants, reduce maintenance, and increase mechanical
efficiency [32]. However, they exhibit a highly non-linear behavior and often require digital
twins to monitor performance and provide sufficient operational reliability [57].

The implementation of electrically-driven heat pumps with high-speed centrifugal pumps
are preferred over standard volumetric machines due to the potential for higher efficiencies,
reduced volume and weight, absence of lubricant oil, thanks to foil bearings [36]. The
optimal design of mini centrifugal pumps requires high efficiency, a wide operating range,
and high power density. Additionally, the design must adhere to strict constraints concerning
minimum impeller dimensions for manufacturability, maximum allowable rotational speed,
and maximum tolerable axial thrust to accommodate gas bearings. More compact stages reduce
material and machining costs, lower weight and inertia, and a smaller frontal area, resulting in
lower axial thrust. Selecting optimal pump design parameters is further complicated by the
choice of the working fluid, which depends on the heat pump’s design requirements [28].

As low specific-speed turbomachines are becoming more attractive due to their compactness,
studies are being carried out to predict and characterize their relatively unexplored performance,
given that they are more prone to unstable head capacity characteristics [33]. While reduced-
order models can predict the performance of geometrically similar pumps as a function of
specific speed 1n,, the performance is affected by additional effects such as higher relative
roughness and tip clearance. To this extent, [77] investigates the adverse influence of tip
clearance in the preliminary design of small-scale ORC turbopumps and presents novel
neural network slip and head loss coefficient models. The same authors have also explored
the influence of splitter blades and meridional profiles on the performance of small-scale
turbopumps for ORC applications, showing that splitter blades can increase the head and slip
factors by 10-24% depending on the blade outlet angle [76]. Furthermore, the effect of size and
working fluid on the efficiency, operating range, and axial thrust is examined for high-speed,
oil-free centrifugal compressors with validated reduced-order models, showing that complex
molecule working fluids provide lower efficiencies and that the clearance gap ratio is more
influential than surface finish [28].

Many studies have compiled recommendations of validated loss model sets for centrifugal
compressors published in open literature [56] [44]. While centrifugal pump loss models have
not received the same scientific attention (in part due to compressor loss mechanism similarity),
several studies have investigated the efficiency and loss mechanisms of pumps with varying
specific speeds. In [50], the authors propose theoretical models for the detailed modeling of
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losses inside a hydraulic pump that can operate as a turbine and validate their accuracy with
CFD simulations. In another study [11], the authors systematically summarized loss calculation
formulas for the internal flow field of a mixed flow impeller to predict its performance curve.

Multiple 1D design methodologies have been published, including the design procedure for
inducers with arbitrary shapes, usually mounted upstream of a pump impeller with low NPSH
[53]. Methodologies for the analytical design of pump impellers have been developed from
turbomachinery first principles [55], and methodologies to optimize compressor and vaned
diffuser geometries (applicable to pumps) have also emerged in recent years [49]. New opti-
mization models include the influence of design robustness due to manufacturing uncertainties
[51] [42], since small impellers are more sensitive to geometrical imperfections. Furthermore,
data-driven approaches are emerging to generate entire families of turbomachinery designs
[54] [30] as a new way of exploring optimum designs.

Lastly, it is well known that cavitation is a challenge in the design of high-performance
turbopumps [33]. The fundamental physics of cavitation is mature and well-understood,
with several decades of research in the field and various test-validated models in the open
literature. The Rayleigh-Plesset equation, hydrodynamics of pump cavitation, numerical
cavitation simulation, performance analyses, bubble dynamics, and other topics are well
documented in the literature [13] [20]. Many characterization and validation campaigns have
been conducted against CFD [14] [73]. New methods to reduce the high computational expense
of multiphase simulations [72], and experimental cavitation diagnostics, such as rotating
cavitation [48], have been introduced in recent years.

Research Objectives

The turbomachinery research field has been active and vibrant in the past few decades and only
shows signs of growth. It is a broad field that brings together the best of every engineering
discipline. High-performance centrifugal turbopumps have been gaining attention due to new
applications in the aerospace and transportation sectors, with rocket engines and ORC heat
recovery systems being prime examples. Therefore, it is of interest to aid in the design and
analysis of such machines.

Research objectives

¢ To develop a preliminary design and optimization framework for non-cavitating
turbopumps.
* To develop a centrifugal pump design to replace the TU Delft ORCHID main

pump.

Research questions

¢ To what degree can a reduced-order turbopump design model assess performance

compared to CFD?
¢ What is the size and the efficiency of the ORCHID centrifugal pump?




2.1

Theoretical Background

This chapter outlines several component definitions and design procedures. It also reviews
the relevant thermodynamics and provides the working principles of each component in a
centrifugal pump.

Fundamental Equations

We begin by asserting that centrifugal pumps are machines that add mechanical energy to
a working fluid. Furthermore, the full thermodynamic state of a fluid is defined for a given
state variable input pair such as (P, T), (P, h), and (T, s). By knowing how these state variables
evolve through each component, the thermodynamic state can be resolved (with the necessary
assumptions). Let’s begin by recalling the definition of total enthalpy:

V2 P v? P V2
hi=h+ —=u+—+—7=C, - T+ —+ — (2.1)
2 p 2 p 2

We can now introduce the definition of the total power dE/dt through a control volume:

dE | 1 ) 1 . .
E = Mjn * (hin + EVi) — Mout * (hout + Evozut) + Qin + I/\/vin (22)
In this work, the flow is considered adiabatic (Qin = 0), steady-state (dE /dt =0), and incom-
pressible (ritoyt = 1itin = 1i1). By making use of the specific work wi, = Wi, /i1, we obtain the
specific work input:

1 1
Win = Ahy = (hout + §V§ut) - (hm + EVii) (2.3)

With the total enthalpy h; = i +1/2 - p - V2. This expression relates the thermodynamic state
of the flow before and after the component to the work provided to the flow. This is a useful
expression to assess the performance of a machine, as seen with the Euler equation:

1 1
Mi=hy =l = (2 Var =1 Vi) = o (U3 = L) + 5 (W2 - 1) (2.4)

6
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We also introduce the conservation of energy relating the velocity (kinetic energy), pressure,
and height (potential energy) of a subsonic incompressible fluid:

Pi=P+ %sz +pgz (2.5)

The assumption of incompressibility is granted when designing for pump applications. Most
fluids in a liquid state do not exhibit an appreciable change of density of practical effect, even
under extremely high pressures. Note that in this work, the gravitational potential pgz is
ignored due to its negligible contribution.

Lastly, a common convention used for pump selection and design is to express the produced
pressure rise in the form of Head.

AP, AP V2

H = = +
p-g§ P& 2-8

(2.6)

This is measured in meters and normalizes the pressure rise with density so that pump
performance can be communicated independently of the working fluid. Practically, it is useful
as it allows for a intuitive understanding through the height of a column of liquid.

0ft./0m.
WATER HEAD

100ft./30m.

WATER HEAD

Figure 2.1: Pressure head representation

Velocity Triangles

A fundamental concept in turbomachinery analysis is the velocity triangle. In essence, it
is a vectorial decomposition of the bulk flow of a fluid in both the stationary and rotating
frames of motion. It allows for simplified analysis and description of the flow properties and
further derivation of helpful non-dimensional parameters that characterize the performance of
machines with varying characteristics. Assuming a circumferentially uniform flow, there are
two velocity triangles for a radial impeller: One at the inlet and one at the outlet.

¢ V: Bulk flow velocity in the absolute (stationary) reference frame.
¢ W: Bulk flow velocity in the relative (rotating) reference frame.
¢ U: Blade circumferential velocity.

* a: Flow angle with respect to the blade in the absolute frame of reference.
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* f: Flow angle with respect to the blade in the relative frame of reference.

These quantities can be further decomposed into tangential and meridional components e.g:
Vi, and V). In addition, subscripts are added to identify each station: 0" for the impeller inlet
Wom, and "1’ for the outlet Wy;. Note that there are several numbering conventions for stations
in the literature. Note that the location of these stations is not defined by convention so it is up
to the reader to understand the numbering system used throughout literature. In the present
work, the inlet of the impeller is defined as the '0” station. See Figure 2.2 (differing numbering
convention).

&

Figure 2.2: Impeller velocity triangles

For many applications, the inlet flow is assumed to have no pre-rotation i.e: pure axial flow
into the impeller eye (Vo = 0, a = 0). The inlet and outlet velocity triangles look as follows:

WZ CZ
G
B 2 m oP)
U 2 C2U
Figure 2.3: Inlet velocity triangle with no Figure 2.4: Outlet velocity triangle

pre-rotation

Note: a and f can be defined with respect to the circumferential direction (as shown above), or
alternatively with the meridional (radial) velocity component. This work uses the “alternative’
definition, with a and  measured with respect to the meridional velocity component V,,,. To
convert from one convention to the other: ay, =90° - ay,,.
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Flow Analysis

The three-dimensional flow inside a centrifugal pump can only be accurately assessed through
experimental test campaigns or transient (often multi-phase) CFD simulations. However,
the flow modeling can be simplified by considering uniform thermodynamic properties of
the flow at the various stations through the machine. This kind of analysis is called a 1D
lumped-parameter system model and can yield relatively accurate results compared to CFD
simulations. These stations are located at each component’s immediate inlets and outlets along
the main flow path. We now describe each component in a turbopump and their fundamental
working principles.

Impeller

The impeller is a rotating component that adds energy to the flow. Looking at Figure 2.5, the
flow enters the impeller axially and leaves the impeller radially.

Figure 2.5: Impeller velocity triangles [25]

If we consider that we have both inertial (stationary) and rotating frames of reference with a
fixed angular velocity w, we can define the rothalpy I of the fluid. Rothalpy is known as the
relative stagnation enthalpy of a flow in a rotating system, and it is commonly used to analyze
turbomachines. Assuming a steady, adiabatic, and irreversible flow, the value of rothalpy
across a blade remains constant along a streamline:

1
I=hope =5 (Vt2 LV2o2.U- Vt) 2.7)

By adding and subtracting u?/2 and considering that W = V — U, we can obtain a simplified
form, as Equation 2.8.
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P N e A uz
1_11—§(W—u)_ho,e,—7 2.8)

With the relative stagnation enthalpy hor.; = h + 1W2  Given that the rothalpy I of a
turbomachine is constant, i.e., I = I, the following expression can be defined:

hy = hy = % (ug - uf) + % (wf - w;) 2.9)
With Equation 2.9, we can appreciate how the enthalpy rise is decomposed. The term on the
right (le - sz) is the contribution from the diffusion of the relative velocity. The first term
(U3 — U3}) is the contribution from the centrifugal force. This term is unique to centrifugal
machines due to the change in radius along a meridional streamline. It explains why they can
achieve much higher pressure ratios than their axial counterparts. In Figure 2.6 below, the
relationship between the enthalpies across an impeller and a diffuser is shown.

W% o
QQ Q() Q“;
02 / 03
h fc?
2“3
03s 3
(\,
02s R
/] 12
03ss 3s 2
/ 02, Q*
1 2
2W2
1
7Y2
O‘Irel 2
1* 2
—u
2“1
1.9
21 :::é,—_— —— e — [=Constant
1 2
2C1
Y
]
s

Figure 2.6: Enthalpy-Entropy (h-s) diagram for a pump impeller and diffuser.

Finally, the specific work of the pump can be found using Equation 2.9. Again, assuming no
inlet pre-rotation (V1 = 0), the specific work change done on the fluid is:

Aw=Uy-Vy =hn—hwo=g H; (2.10)
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With H; being the ideal pump head rise across the impeller. This excludes all internal losses—an
isentropic process. In other words, it is the theoretical shaft work w needed to achieve a desired
pressure rise without any losses considered. Last but not least, Equation 2.10 shows us that
the final head H of a pump is a function of the outlet rotational speed U;, and the outlet
circumferential (tangential) flow velocity component V;;. In later sections, we will delve into
the design parameters that control these variables to obtain a prescribed head H.

Radial Diffuser

Centrifugal compressors and pumps are generally fitted with a vaned or vaneless diffuser.
Diffusers exchange kinetic energy, leaving the impeller with pressure energy. Their operating
principle is simple: the swirl velocity is reduced by an increase in radius (conservation of
angular momentum), and the radial flow area controls the radial velocity component. We can
find the radial velocity at the diffuser outlet V,; from continuity:

r1-b1-p1- Vi

Vor =
2 r2-by- p2

2.11)

The continuity equation requires that r - V}, is constant for a parallel-walled radial diffuser
with incompressible flow. Assuming that r - V; remains constant, the absolute flow angle
ar = tan(V;/V,) 7! is also constant as the fluid diffuses outward. Under these conditions, the
flow follows a logarithmic spiral path.

The performance of a diffuser is typically measured with the non-dimensional pressure recovery
coefficient C;,. This coefficient measures how much of the total pressure at the inlet is converted
into static pressure. Note that the right side of Equation 2.12 is an idealization considering
incompressible and isentropic flow, by using mass continuity Vi - A1 = V2 - A and the area
ratio definition AR = A,/Az:

P,—P 1
=2 1_1_ (2.12)

C. = -
PPy —P AR?

Lastly, it is noted that some stability criteria to establish a critical flow angle a1 in vaneless
diffusers have been developed and implemented for centrifugal compressors [28], [25]. However,
some studies have shown that rotating stall in vaneless pumps is, first, not as common as in
centrifugal compressors [70], and secondly, while it does incur losses, it does not have a large
detrimental effect [35].

Volute

The volute or scroll is a spiral-shaped channel with an increasing cross-sectional area that
collects the flow from the diffuser (or directly from the impeller) and delivers it to the exit pipe.
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Figure 2.7: Top view of pump volute [25]

As the area from the inlet A; to the outlet A3 of the volute increases, we again see an exchange
of kinetic energy into static pressure governed by the conservation of mass. Lastly, it is noted
that the volute of a centrifugal compressor can cause circumferential pressure distortion around
the impeller at off-design flow rates. This is out of the scope of this project.

2.3.4 Conical Diffuser

Conical diffusers are commonly employed at the outlet of volutes to recover pressure energy
further and provide a convenient port for the outlet piping. This is commonly expressed with
the area ratio AR = Ay /A1 of the inlet and outlet.

L L
! ry [
Wi—— Flow Flow T — — -
/
F 777777 T
2 2
N N
A A 2
=22 _4,2N =22 |4 N
Ag = A, =1+ W, tan@ AR 1 [1 + r1 tan@}

Figure 2.8: Diffuser geometries and their area ratios. Left: 2D, Right: Conical [25]
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As no mechanical work is done on the fluid through a diffuser, the total pressure P; is constant
when assuming no losses. Recalling Equation 2.5, the kinetic energy term is exchanged with
the pressure term. However, in practice, there is a reduction in total pressure due to viscous
losses. A designer must consider two main flow phenomena when designing these types of
diffusers. On the one hand, If the change in area is too large, flow separation can occur and lead
to large mixing losses. On the other hand, if the rate of area change is very low, the boundary
layer will grow excessively, leading to friction losses. The optimum diffusion rate, which is a
combination of length and area ratio, is a function of the flow properties and surface roughness.
However, several experimental campaigns have found that, as a rule of thumb, angles around
7-8° are optimal.

Performance Maps

Pump performance is usually described with a Head-Capacity or H-Q curve. It shows the
relationship between the outlet head H and the volumetric flow rate Q (or alternatively mass
flow rate ri1) for each speed line n.

H[m] n [%]
\\H\ead
50
\5‘_
40 h.Q
/ — M 70
30 60
/ Efficiency 50
//
20 7 40
30
10 20
10
0
0 10 20 30 40 50 60 70 Q [m?/h]
P, [kw] NPSH [m]
10 Power ._g—" 10
8 — 8
6 /— 6
4 ® / 4
2 NP 2
0 [ 0

Figure 2.9: Typical performance curve for a centrifugal pump [38].

Usually, the efficiency across the operating range (OR) is shown, with the maximum corre-
sponding to the best efficiency point (BEP), for which the pump is designed. When choosing
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or designing a pump, other parameters of interest are the required electrical power P,;, the
required net positive suction head NPSHg, and the axial thrust F,.

Lastly, the derivative of the H-Q curve is negative dH/dQ < 0, which indicates stable operation.
A positive dH /dQ > 0 slope on a pump H-Q line leads to instability because small disturbances
in flow rate create a positive feedback loop causing oscillations, increasing the risk of unstable
behavior and cavitation. To ensure stable and efficient operation, pumps are designed to
operate in regions with a negative H-Q slope.

Cavitation

Cavitation is a local phenomenon where the working fluid drops in pressure and changes
into the gas phase. This is usually in the form of bubbles, which advect with the flow; see
Figure 2.10. These bubbles implode once the local static pressure increases above the fluid
vapor pressure P,. This implosion is a very energetic event that erodes surrounding surfaces
over time.

Figure 2.10: Cavitating tip vortices generated by a hydrofoil. [19]

Cavitation and bubble dynamics can be studied by considering the growth and collapse of
cavitation nuclei as spherical bubbles in an unbounded, incompressible liquid. Although this
idealized model simplifies the analysis, it still captures the essential physics of bubble-liquid
interactions. However, real-world scenarios may deviate significantly, especially during the
non-linear initial growth and final collapse stages. Factors such as proximity to boundaries,
interactions with other bubbles, heat transfer, flow shearing effects, and cavity interface
instabilities can all cause deviations from this simplification. Despite these complexities,
focusing on spherical cavities allows for a more straightforward analysis while retaining the
critical aspects of the phenomena. Under these assumptions, the bubble radius R is governed
by the Rayleigh—Plesset equation [19].

(2.13)

Py(t) - P(t) _ _d2R 3(dR)2 4v dR  2S
B dt

R + = +——+—

PL dt? 2 R dt pLR

Where P3 is the bubble pressure, Py is the free-stream static pressure, v; is the kinematic
viscosity, and S is the surface tension. Note that thermal effects are not modeled in the above
equation. We can see that bubble growth is a transient phenomenon, and even with this
simplified model, the dynamics are non-linear. Furthermore, this model does not account for
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“cavitation nuclei’” or small dispersed flow impurities commonly present in industrial processes
that strongly promote early cavitation inception at pressures above the vapor pressure P,. In
light of this, the detailed analysis of cavitation is regarded as complex and out of scope for this
project.

However, from Equation 2.13, we can infer that the liquid density pr and the upstream pressure
P, directly influence the bubble growth rate R, and thus the intensity of cavitation. As the
density p; increases, the bubble radius and growth rate decrease; as the upstream pressure P,
increases, the bubble radius and growth decrease.

Practical Approach

Given that the microscopic analysis of cavitation is complex, we turn to a more practical,
macroscopic analysis. We begin by defining the available net positive suction head NPSH of a
pump as the margin between the inlet absolute total pressure and the liquid absolute vapor
pressure, normalized by density:

Py

NPSHA = — @

pg pg 28

pg 28

In practice, if the static pressure P, mass flow 71, and pipe diameter dy are known at the inlet,
the net positive suction head available NPSH 4 in the pump can be found for a given fluid vapor
pressure. Confusingly, NPSH is calculated with the fotal pressure of the fluid, even though only
the static pressure affects cavitation inception, as seen in Equation 2.13. This is a convention
that allows pump manufacturers to prescribe an NPSH value with a defined inlet pipe size.

The point at which the total pressure reaches a minimum, or Py = P,, is called ’cavitation
inception” (NPSH;), and it is observed when the first vapor bubbles are generated. If the inlet
pressure is decreased even further, the cavitation extent and intensity will increase, causing a
drop in performance (from blockage due to cavitation and work lost changing the fluid phase).
It is important to remember that different values of NPSH may be allowed depending on the
design constraints. To this extent, several cavitation criteria have been established:

¢ NPSH;: Visual cavitation inception
¢ NPSH): Beginning of head drop

* NPSH;: Impeller head drop of 1%
¢ NPSHj;: Impeller head drop of 3%

* NPSHgc: 'Full Cavitation” or ‘Breakdown’. The impeller head is severely reduced and
operates largely in 2-phase flow.

¢ Other: Prescribed drop in efficiency, loss of material due to erosion, noise level, or service
life duration.

The most widely used cavitation criterion is NPSH3, not because it is a technically relevant
condition but because it is easier to measure. The behavior of cavitation inception can be
visualized in Figure 2.11, with the cavitation coefficient ¢ as a function of the head coefficient
Y. Note that each 0 — ¢ curve is a function of the flow coefficient ¢.
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Figure 2.11: Schematic of cavitating performance [13]

With the fundamental parameter for cavitation scaling is the Euler number o (also known as
the cavitation number):

Py - P
s L (2.15)
1/2-pp -V

As the fluid passes through the inlet of the impeller, there are changes in the static pressure
due to the rotation of the impeller and the blade profile shape, analogous to the flow around
an airfoil. The maximum suction pressure is experienced near the leading edge of the blade’s
suction side, causing the flow to accelerate rapidly to compensate for the pressure reduction.
As the vapor cavity extends downstream of the impeller, the pressure gradually increases until
the static pressure rises again above the liquid vapor pressure, and the cavity collapses. This
bubble implosion creates violent shock waves, causing pitting and erosion on any surrounding
structure.

Figure 2.12: Pitting on an impeller due to cavitation
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Design Methodology

First, a brief overview of various design approaches is given to help readers understand each
method’s strengths and weaknesses. Then, a step-by-step explanation of the selected method
is presented.

Approach

The flow within a typical turbomachine is often a complex three-dimensional turbulent flow
involving either compressible or incompressible fluids. Sometimes, the fluid may be formed
by a two-phase or two-component mixture of liquid, vapor, gas, or solid particles. Analyzing
these intricate flow processes, especially within rotating impellers, typically requires numerical
simulations.

Preliminary design analysis relies on fundamental fluid mechanics and thermodynamics
principles with necessary simplifications and assumptions. The Euler equation, derived
from the momentum equation applied to fluid mechanics, is crucial for relating energy
transfer between the flowing fluid and the rotating impeller. When physical relationships
are unavailable, empirical models are often necessary to model losses due to friction and
three-dimensional viscous effects.

For the past decade, the availability and affordability of computational fluid dynamics (CFD)
software has facilitated more advanced design and analysis of turbomachines [59]. Today,
many turbomachinery designers can either develop their own or choose from many publicly
available (often commercial) software design programs. When designing a new turbomachinery
component, various design paths can be followed:

* Refining an existing component: Surfaces are modified via feedback loops coupled with
high-fidelity CFD simulations through an optimizer. This procedure is computationally
expensive.

¢ Designing from first principles and validated empirical correlations: The performance
and geometry of the component are derived from the basic laws of physics. Knowledge
gaps can be filled with validated datasets or numerical simulations. This method is used
in this work and has proven to be computationally inexpensive.

* Making use of data-driven methods: Large component families can be generated and
classified with various criteria and made use of with an optimization technique of choice:

17
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Design of Experiments (DoE), Response Surfaces, Genetic Algorithms, Neural Networks,
and Multi-Objective Optimization algorithms. This is an emerging design methodology
with proven results.

It is clear that expensive numerical simulations should be used sparingly to improve the last
percentage points and validate models. This idea is represented in Figure 3.1 below. A design
can be brought closely to the maximum efficiency point without numerical simulations.

High Physical Insight
F

i .'\.
[ CFD )
-, ./.
1D Pre-Design
Low Computational Cost High Computational Cost

Data-Driven Models

A J
Low Physical Insight

Figure 3.1: Comparing the computational cost against physical insight of various design approaches.

This work explores the use of 1D design methodologies in the pre-design stages of noncavitating
centrifugal turbopumps using validated loss models. Then, a CFD study to assess the validity
of the predictions is performed.

Performance Specification

Basic operational requirements are needed to design a pump: the rotational speed 1, volumetric
flow rate Q (or mass flow rate 71), and on-design head H (or pressure rise AP;). These quantities
are the basis for calculating the pump’s specific speed n,.

. VO _n.\/m/Po

Mg =M"mo7 = THovs

(3.1)

Various turbomachines are classified based on their specific speed. The Cordier Diagram
illustrates this (Note Qs = 14/(52.92 min™!)):
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Figure 3.2: Cordier Diagram [25].

In addition, knowledge (or assumption) of the inlet approach flow angle ap and meridional
velocity V,,, distribution is required. The approach flow is typically assumed axial ap = 0° and
the velocity distribution constant over the inlet area.

It is now possible to calculate an important variable-the isentropic head H;; at the best efficiency
point (BEP)-if not explicitly known. This quantity predicts the head developed across the
pump without any kind of losses.

hivis —hio  Pris —Pro P1is — Po N Vi,is = Vo

His =
g P8 P8 2g

(3.2)

Lastly, two non-dimensional parameters used to classify turbomachines are the flow coefficient
¢, and the work (head) coefficient ¢

Vin _ Ak _U-(Vor = Vi) _ (Vor = Vir)

b= (3.3) Y="p = e 7 (3.4)

Outlet Diameter

Given that the isentropic work required on the fluid is known from Equation 3.2, selecting a
work coefficient (head coefficient) ¢ to obtain the outlet diameter d; is possible. If the work
coefficient is not prescribed, it can be chosen as a function of specific speed 7, by examining
performance trends from multiple pump manufacturers.
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Figure 3.3: Head coefficient values for single-stage volute pumps from various pump manufacturers (M1-M6) [33].

The trends are expressed with Equation 3.5, where fr can be chosen between 1.0-1.1. For
multi-stage pumps fr = 1.0 is appropriate, and low-head pumps can be designed with fr = 1.1
[33].

l,b — fT . % .1.21 - 8—0.007713%,7 (35)

Note that two conventions for the work coefficient ¢ exist in literature: ¢ = gH;s/ Ulz, and
i = 2gH;s/U?. This work is consistent with the former definition.

Finally, from the definition of work coefficient i) the impeller outlet diameter d; can be found
with Equation 3.6, recalling that Uy = w - r1 and w = %—g.

4= 2. |8 Mis 60 fg M (3.6)
@

Number of Blades

The selection of blade number Nj; can be chosen depending on various criteria: Many blades
result in low blade loading but higher friction losses while choosing fewer blades results in
higher blade loading, but the hydraulic losses may rise due to increased secondary flows and
stronger deviation between blade and flow direction. Additionally, impellers with a very low
blade pitch s = 7 - dy s /Ny may be challenging to manufacture even with 5-axis CNC mills.
This is especially the case for small shrouded impellers with splitter blades.

Typically, radial impellers with specific speeds in the range of 10 < n1 < 120 have between 5-7
main blades. If only a narrow operating range is required where the pump stability is not of
importance, pumps with up to 9 (radial) blades have been designed. For suction impellers with
high specific suction speed s and flat NPSHj3 curves, it is recommended to select 5 or 6 main
blades, as 7 or more become unstable [33].

Additionally, Pfleiderer [24] developed an empirical expression to obtain the number of blades.
However, this should be only taken as a hint, as this equation disregards any criteria discussed
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above.

_ di+do . (PoB+pPiB
Nbl =6.5 dl — do sm( > (3.7)

More recently, [63] developed a new method to estimate an optimum blade number considering
slip, the boundary layer’s influence over the blade, and the nonlinear velocity distribution.

Ny = - T L (3.8)
Ui-t-g-Bipldeg]  np-lh

These equations use the blade angles fp. As they are not defined yet, f1p = 25° can be chosen as
an initial value, based on an optimum range of 23-27° recommended in a review [52]. Adding
splitter blades—effectively doubling the number of blades at the outlet-has shown to improve
performance in small-scale turbopumps [76].

Inlet Design

As the first station encountered by the fluid, the inlet has a strong influence on performance,
efficiency, and risk of cavitation. At best, cavitation can result in a performance decrease and,
at worst, in structural failure. A common approach for pump designers is to identify the
conditions for cavitation inception NPSH; and operate as closely as possible to them. Other
cavitation criteria, e.g., NPSH3, are also valid depending on the design constraints and the
amount of allowable cavitation.

The following figure illustrates well the cavitation sensitivity of the inlet. The link between
the local pressure drop at the leading edge with the flow properties and geometrical variables
makes cavitation avoidance possible.
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Figure 3.4: Cavitation at the impeller blade leading edge [33]
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The main parameters to consider during inlet design are the inlet shroud (outer) diameter r1s,
the hub (inner) diameter r1;, the blade inlet angle B, blade leading edge thickness t;,, and
main blade number Np;. Additionally, the inlet size parameter k,, =1 — (%)2 can be used to
link the inlet hub and shroud sizes.

Hub Diameter d j,

Two methods are available to size the inlet hub diameter:

Method A: Maximum shaft shear stress

The minimum eye hub diameter dj j is limited by the shaft size required to transmit the torque
into the impeller. The maximum shaft diameter (minimum impeller eye diameter) can be
calculated if the allowable shear stress 7, of the shaft’s material is known. A safety factor
SF > 1 is recommended.

1/3
16 - Pmax
don =SF- (—a) (3.9)
T W - Ty
The maximum power P, can be calculated:
Piax =11 - Ahy = p- Qmax -8 Hmax (310)

Method B: Impeller shape factor

Alternatively, the impeller shape factor k, can be used to size the inlet eye diameter. The shape
factor links the inlet shroud and hub diameters:

R 2
ky=1- (ﬂ) (3.11)
Rl,shroucl

The shape factor is usually kept in the bounds of 0.65 < k, < 0.95, with 0.8775 being a
commonly used value [15]. By choosing k,, the hub and shroud diameters can be found
through the conservation of mass. As this depends on the inlet shroud diameter dy, this
procedure is continued in subsection 3.5.2.

Shroud Diameter dj
There are various methods to design the inlet shroud diameter based on different criteria
related to cavitation:

Method A: Minimum Relative Velocity

This design tends to minimize leakage, friction and shock losses. It is recommended when the
available NPSH  is sufficiently high so that cavitation is avoided. The relative velocity at the
inlet Wy can be expressed as:

Vo |
m
Wo = 1|V, + (uo e ao) (3.12)
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with absolute meridional velocity Vo, and tip velocity Up:

4 - 1in m
Vo, = = 3.13
o m-p-(d2—d2)  Top-ros-kn (3.13)
n
uo :dO,S 'n'@ (314)

Inserting Equation 3.13 and Equation 3.14 into Equation 3.12, the expression can be differentiated
with respect to dy. Setting then dwg/ddy = 0 allows for the maximum relative velocity given a
constant axial flow velocity:

1.33

d 2
dos = dy 'fdl\/(do_f) +1.48%1073 -1 - m (3.15)

Or, more conveniently, using the impeller factor k,:

1.33
M
(Tlv'ér)(l67

fd‘2+kn—1

1.48 x 1073 - 1) -

do,s = dy - (3.16)

Pre-rotation (if any) is covered iteratively by the swirl number 0,. Note that assuming axial
inflow gives 6, = 1.

Vig - t
o, =1- Vim - tanay (3.17)
ulm

The inlet diameter is designed slightly above the minimum to allow for secondary effects, such
as boundary layer blockage and uneven velocity distributions [33]. Recommendations for this
fa1 factor are given:

¢ Normal impellers: f;; =[1.15, 1.05]
* Suction impellers: f;; =[1.25,1.15]

Method B: Selected Specific Suction Speed 7

The inlet can also be sized by selecting an appropriate suction specific speed ns; value. The
suction specific is a dimensionless parameter describing the relationship between the rotational
speed n, the flow rate Q, and the net positive suction head required NPSHR of an impeller.

VQ

U L. S 3.18
NSPH%” G189

Nss =N

Standard values are listed in Table 3.5.2 below:
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Type Lower range Upper range
Standard suction impeller 160 220

Suction impeller, axial inflow 220 280

Suction impeller, cont. shaft 180 240

High pressure pump 160 190
Standard inducer 400 700

Rocket inducer - >>1000

Table 3.1: Common values for specific suction speed s [33]

Now, the normalized suction specific speed n}; is defined as:

" Ngg nq,ref
= *

0.19
n.. =
Y/ ( ng )

Through experiments, many data points for impellers in the range 7, = 10 — 160 have been
gathered and plotted against the approach flow angle 1, in Figure 3.5.

(3.19)
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Figure 3.5: Normalized suction specific speed as function of the shockless flow angle at the outer streamline, with
n f= 27
q,re

To determine the inlet diameter of an impeller for selected values of 14, nss and d,, /d1 (or ky),
it is possible to determine 7;; from Equation 3.19. So, the following expression can be derived
to find 1!) and ﬁOB-

1.6 0.3
¢ = tan(Bog) = k23 (iﬂ) (52) (3.20)

With this relationship, obtaining the leading edge blade angle Bop is now possible. Finally,
the inlet shroud diameter dy s can be obtained by rearranging the velocity triangle with the
following expression:

, 1/3
dos =2.9- ( m (1 , fanp )) (3.21)

p-n-kn-tanﬁl' tan a1
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Method C: Minimum Required Suction Head NPSHy

The inlet blade tip of pumps is the most vulnerable location for cavitation. At the inception of
cavitation, at some point on the blade’s surface, the pressure is equal to the vapor pressure.
Right upstream of the impeller inlet:

1
Po = Pto — Op - (E p- le) (3.22)

With the blade cavitation coefficient 0, corresponding to the point of cavitation inception at
NPSH;. Experiments have shown that it usually lies in the range of 0.2 < 0, < 0.4 [58]. By
making use of the velocity triangles and Equation 3.22, with NPSHr measured at the shroud
radius, the following relationship can be written:

0~ 1 1 1 1
NPSHg = 2 p”:E-V§m+§-ab-wf:E-vozm-(1+ab)+§-ab-uis (3.23)
By inserting the suction specific speed nss = n - NP‘S/S% —=, volumetric flow Q =7t - ky, - ré, s Vim,

and flow coefficient ¢ = Vj,,, /Up s into Equation 3.23:

o o, Vo _ ? (3.24)

K |3 (v2, - a+ o)+ ufs)r/2 [2(¢2- (1 +0p) +a3)] "

By taking the derivative of Equation 3.24 with respect to ¢» and setting it to zero, the maximum
nss for a given axial inflow Vj,, and blade cavitation coefficient oj, can be found:

D n
n e — 3.25
SsS . '—l ( )

The optimum flow coefficient ¢ and NPSHr under these conditions can be found with:

_ [ o
¢ =\ Trop (3.26)

3
NPSHg = 7 - 0 - ug (3.27)

With these relationships, one can choose or determine a blade cavitation coefficient 05 and find
the optimal flow coefficient ¢. Then, the inlet blade angle fop and shroud diameter dy; can be
found with Equation 3.20 and Equation 3.21, respectively.

Method D: Selected A —Coefficients

Similar to the method in Equation 3.5.2, the blade cavitation coefficient o, can be decomposed
into two A parameters:

3.28
tan a; ( )

2
abz(Ac+Aw)-¢§+Aw-(1—i)
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One can choose a 0 value and calculate a A coefficient pair, or vice-versa. The impeller blade
coefficients can be described as:

* A.: Suction pressure coefficient for absolute velocity V (inflow acceleration and losses).
Typically 1.1 for axial inflow.

* Aw: Suction pressure coefficient for relative velocity W (pressure drop at leading edge).
Typically 0.10-0.30 for a standard impeller and 0.03-0.06 for inducers.

As seen in Figure 3.4, the minimum local pressure at the impeller inlet is a result of both the
acceleration of the main flow and the losses in the inlet, and a local velocity increase from
the flow around the blade leading edge in part due to blockage. Similar to Equation 3.23, the
following relationship is frequently applied:

2 2
NPSHR = A, - Vin + Ay - Wi (3.29)
28 28

Once an appropriate A pair has been chosen, the optimal inlet diameter d; can be found via
Equation 3.30

1 1
3 6
dos =325 (n Qk ) . (Ac; AW) (3.30)

Furthermore, given a size parameter k;, the optimal flow coefficient ¢, and specific suction
speed 1,5 can be found with Equation 3.31, and Equation 3.32 below:

Aw
P =2 ) &30

0.5
98 ky,
= 3.32
o (/\c + /\10)0'25 (Aw) ( )

Note that these equations only apply to inflow without prerotation.

A-Coefficient Estimation

The A-coefficients can be assumed, determined experimentally, or found through empirical
correlations. The biggest uncertainty lies with the A, coefficient as Wy >> Vj. Experimental
tests have shown that A, depends on the absolute blade angle g, (Figure 3.6). A. is typically
1.1 for axial-inflow impellers and does not depend on the operating conditions.
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Figure 3.6: A, ; for 3% head drop as a function of the flow angle at the outer streamline [33]

This correlation applies to pumps at the BEP with shockless inflow.

Inlet Blade Angle o3

It is now possible to calculate all quantities of the inlet velocity triangle. Recalling that
Wi = V; — U and Wy, = Vy,,, the relative flow angle o can be found:

_ Wot
Po = arctan W (3.33)

Om

This flow angle assumes a perfectly guided flow with no disturbances. However, setting the
blade angle to the flow angle fog = fo would result in a non-zero incidence. The effect of blade
incidence and blockage must be accounted for to address this.

Blockage

As the flow transitions from the inlet pipe to the leading edge of the impeller blades, there is an
instant reduction in passage area, which in turn has an effect on the meridional flow velocity
and, consequently, the inlet velocity triangle of the impeller. See Figure 3.7 below. Inducer
impellers have blades with very thin leading edges to improve suction performance (6-10%
of nominal blade thickness). This is also true for the outlet station of the impeller, however,
the flow experiences a sudden deceleration leaving the impeller. Furthermore, the effect of
blade blockage at the impeller outlet is less considerable as the ratio of blade thickness to
circumferential outlet area is much greater than at the inlet.
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Figure 3.7: Inlet blockage [33]

Furthermore, considering blade blockage for blade angle calculations or not and in which way
is a controversial issue. Exactly at the blade leading edge, the thickness is 0 due to the rounding
of the blade edge. Immediately after the blade’s leading edge (or before the blade’s trailing
edge), the blade is blocking the flow in a certain manner. But, this blockage depends on the
blade thickness, angle, and distribution, which is more complex than considering a simple
blade angle.

However, in this study, the influence of blade blockage at the inlet is non-negligible, as it
measurably affects the suction performance. An incorrect estimation of the blockage can lead
to an incorrect velocity triangle, degrade performance, and produce cavitation. As seen in
Figure 3.7, the solid velocity triangles are just outside the blade passage, and the dashed vectors
are just after the blade’s leading edge. The meridional velocity component Vy,, increases due
to the area reduction, which changes the blade metal angle fop. To begin with, the flow angle
without blockage o is computed:

W Vi
Bo = arctan W—OOT = arctan e O_mul (3.34)

The blade thickness 01 can be considered in either the absolute or relative reference frames:

tre

0p = m (3.35) 0p = tre (3.36)

For the remainder of this work, Equation 3.35 is considered, accounting for fog. Next, the inlet
blade blockage factor 7p and pitch ¢y can be found with:

to - do,s
= 3.37 = - .
0= (3.37) b=, (3.38)

Then, the meridional velocity component V| (inside of the blade passage) can be found with:

m
V =19 —m8 3.39
Om = 70 p-m-r2-ky (3:39)
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Incidence

Blade incidence i is defined as the difference between the blade angle op and the flow angle fo:

i = Pos — Po (3.40)

Generally, inflow without incidence is intended i = 0° at the BEP. If i # 0°, the flow around
the leading edge accelerates unevenly, creating high local velocities and lower static pressure,
which could increase or decrease the risk of cavitation:

¢ Positive incidence i > 0: fo < fop — stagnation point on pressure side
* Negative incidence i < 0: o > fop — stagnation point on suction side

At off-design conditions, the inflow angle o changes, and the incidence inevitably deviates
from zero. By considering the effect of blockage and choosing an incidence value for the best
efficiency point (BEP) of the pump, the blade metal angle can be calculated:

’

ﬁOB = ﬁ() + l(’) = arctan ﬁ aF 16 (341)

Note that the blade metal angle, incidence, and the leading edge blade thickness influence the
blockage factor. As 79 is a function of fog, the equations above must be solved iteratively to
converge onto a valid configuration.

Outlet Design
The Euler head equation drives the design of the outlet station:

_ APy _ hi = hyo _ Uy - Vi = Up,s - Vor
p-8 8 8

H (3.42)

First, the isentropic head is calculated assuming no inlet pre-swirl (Vo = 0). Since the inlet
pressure P; o, and pressure rise APt (or pressure ratio ) are known, the outlet isentropic
pressure ratio P; 1 can be computed. Now, per the definition of the head coefficient ¢:

2.¢-H
p="5 (3.43)
ul

It allows for rearrangement of the equation to find the outlet diameter ds:

60 [2gH
=\ (3.44)

Since the head H and outlet radius 1 have been found from Equation 3.42, and Equation 3.44
respectively, the impeller outlet circumferential velocity U; and the flow outlet circumferential
velocity Vi; can be calculated—assuming no inlet prerotation.

dy d 60 H-g
= — . — 7

_d 60 , Vi =28 3.46
2 YT on (3.45) 1 (3.46)

U 0
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Width b;

Now, since blade outlet angle $1p and outlet width b; cannot be selected independently of
one another, they must be matched so that the desired head through the outlet velocity V;; is
achieved with a stable Q-H-curve. The choice of each of these will determine the shape of the
outlet velocity triangle.

Figure 3.8: Outlet velocity triangle accounting for blockage and slip. [33]

Increasing the width of the outlet by reduces the meridional velocity Vi, leading to an increase
in tangential velocity Vi; and consequently the head, unless flow separation occurs. Given
specific values for the outlet angle and blade number, widening the outlet increases the head,
making the Q-H curve flatter. It is crucial to maintain stability by ensuring b1 < by. Since
these effects cannot be precisely calculated theoretically, the relative outlet width b} = b1 /d1, is
typically chosen empirically. To optimize impeller discharge flow uniformity and minimize
turbulent losses, a low b} within the limits of Q-H curve stability is a good choice. Figure 3.9
provides a range for b] based on empirical data.

1
L /, "”’_’___—;’/—;—
/ ’—’.ﬁ:’;“"/
"~ 0.1 A /;/z;;f:'//
L0 . =
e {/C/:-
==
0.01
10 100 1000
g

Figure 3.9: Impeller outlet width ratio data. (A’ curve is for sewage pumps) [33]
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The mean curve for outlet width in Figure 3.9 can be approximated using Equation 3.47.

by =dy - [0.017 +0.262 - 2 oos(nq)2+00093(”q)3 (3.47)
L e 227100 0 \100 ' 100 ’

This allows the calculation of the outlet velocity triangle without accounting for slip and
blockage (outside the blade passage). Finally, the outlet blade metal angle 15 can be found.

Setting the Absolute Flow Angle a;

Alternatively, the absolute velocity angle a; can also be controlled if more control over the
outlet velocity triangle is desired. By finding the outlet meridional velocity V] (accounting for
blade blockage), a fixed outlet width b; can be found.

_ i1
2n-R1-p1-V1’m

by (3.48)

When implemented within an optimization routine, this option is useful to find an optimal
design configuration that varies @1 to minimize losses over a prescribed range, satisfy stability
criteria, or match vaned diffuser inlet angles, for example.

Blade Angle 15

The outlet blade metal angle 13 must be determined such that the specified head found in
Equation 3.42 is achieved with the outlet diameter d, the total number of blades Ny, (including
splitter blades), and the outlet width by determined previously. Outlet blade angles for pump
impellers usually lie between 15-45°, but many exceptions exist. Matching the outlet angle is an
iterative process since slip and blockage are both a function of the blade angle 13, influencing
the final velocity triangle, and by extension, the final head and stability of the impeller.

Two outlet velocity triangles can be defined: one just upstream of the blade trailing edge (inside
the passage) and one directly downstream (outside the passage), as shown in Figure 3.8. The
upstream velocity triangle experiences an increased meridional velocity component Vi, due
to blade blockage compared to the downstream velocity triangle. The downstream velocity
triangle experiences slip and a reduced tangential velocity component V7;. The effect of both
blade blockage and slip must be accounted for a priori when designing the outlet geometry to
ensure that the required head is delivered.

To begin with, the outside (downstream of the passage) outlet velocity triangle without blockage
is calculated. This is easily done, as the outlet area is defined, and from the conservation of
mass, the outlet meridional velocity V1, can be calculated:

_ 1
27’(~1’1'tte'b1'p1

Vim (3.49)

Note that since the outlet static density p; is unknown at this point, an initial guess is warranted—
the density from the previous station pg being a good guess, given that liquids are highly
incompressible. The final velocity can be computed by iteration and convergence of the
thermodynamic state.
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At this point, the outer velocity triangle is defined as Vi, V1;, and U; are known (along with
their corresponding angles). These vectors are used as an ‘inverse design problem’, resulting
from the blade geometry after slip and blockage effects. The next task is to find the upstream
(inside the blade passage) velocity triangle, a function of f15.

Lastly, a first guess is required to begin this procedure: The outlet blade angle is assumed to be
aligned with the flow angle 15 = f1.

Blade Blockage

Similar to the inlet section blade blockage, the outlet area is reduced due to the presence of the
blades. This increases the meridional velocity component inside of the impeller. The meridional
flow velocity diminishes as it exits the blade passage.

As in Equation 3.5.3, the blade thickness definition of Equation 3.35 is considered, accounting
for B1p. The inlet blade blockage factor 71 and pitch t; are found with:

tl 7'(-611

3.50 H=——— 3.51
(3-50) ! Np; + Nspiit (3:51)

T =
t1— o1

Then, the meridional velocity component V7 = (inside of the blade passage) can be found with:

i1

VI =1 —

(3.52)

Blade Slip

Blade slip is a prominent phenomenon in all rotating machinery. The flow is assumed to follow
the blade in the derivation of Euler’s pump equation. This is not the case in practice since the
flow angle is usually smaller than the blade angle.

[ 38

Figure 3.10: Outlet velocity triangle with slip. f1 and W are the blade metal angles, and ] and W] are the flow
angles after slip. [38]

An impeller with an infinite number of infinitely thin blades would result in blade congruent
flow: flow lines with the same outlet angle as the blades. In practice, the flow does not follow
the shape of the blades completely in an impeller with a limited number of blades with finite
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thickness. The tangential velocity Vi; out of the impeller and thus the head is reduced due to
this. Various empirical slip factor models have been developed over the years to account for
this slip effect. It is important to emphasize that slip is not a loss mechanism but simply an
expression of the flow not following the blade. A slip factor is defined as:

g=1- 21t (3.53)

A value of 0 = 1 would imply blade congruent flow, or in other words, the flow angle matches
the blade angle 1 = B1s.

The Relative Eddy Considering a scenario where a frictionless and irrotational fluid flow
traverses through an impeller without any rotational motion, it must also exit with zero spin
due to the conservation of angular momentum. The impeller rotates with an angular velocity w,
causing the fluid to have a relative angular velocity of —w with respect to the impeller, known
as the relative eddy: See Figure 3.11. A straightforward explanation for the slip phenomenon
in an impeller arises from the concept of a relative eddy.

Q-l"'—"-- ()

Figure 3.11: Relative eddy without through-flow (left), and relative flow at impeller exit (right)

Upon exiting the impeller, the relative flow can be seen as a main flow with an additional
relative eddy. These two motions combine, resulting in the average relative flow leaving the
impeller passages at an angle relative to the vanes and in a direction opposite to the blade’s
movement.

Slip Factor Correlations There have been many attempts to determine correlations for the
slip factor. Below is a list of commonly used slip factor o correlations applicable to centrifugal
pumps, implemented in this work:

¢ Stanitz [68]: solved the potential flow field between the blades of eight impellers. He
concluded that the computed slip velocity was independent of vane angle and depended
only on blade spacing (number of blades).

0.63-7

o=1-
Npi

(3.54)

* Wiesner [75]: reviewed all available methods to date and obtained a simple empirical
expression. This expression is still today the most accurate and widely used:
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4/sin
o=1- # (3.55)
Ny
¢ Aungier/Wiesner [6]: Aungier noted that Wiesner’s model holds up to a limiting radius
ratio €1, and corrects for this:

\/sin
o=1- vsinfip (3.56)
Ny

With the radius ratio € = r/r1 > €rim

€ —er: V(90°~B15)/10
Lim
Ocor =0-[1— (—) (3.57)
1- €Lim
And limiting radius ratio?
0 —cos(19° +0.2-(90° — B1p))
€Lim = P (3.58)

1—cos(19° + 0.2 - (90° — B1g))

¢ Wiesner/Giilich [33]: Giilich modified the Wiesner formula by introducing the correction
factor f; to adapt the slip factor to a wider database of pumps accounting for blade
blockage. He also modified the limiting radius ratio €7, introduced by Aungier and
added a factor k;, to include the influence of the impeller inlet diameter.

\/sin ﬁ1 B
0= fl ’ (1 - Nl?l7 ) : kw (359)
With the correction factor,
0.98 for radial impellers
fi= N S P (3.60)
1.02+1.2x107°(n; — 50) for mixed-flow impellers
Inlet diameter influence factor,
1 if dom /d1 < €Lim
k., = 3 3.61
@ 1- (—do’”l/_del;z“ ”’) otherwise (3.61)
Mean outlet diameter,
dom = \/0.5~ (dgs +d? h) (3.62)

190° is added to the blade angle since this work uses the alternative definition of f, as discussed in chapter 3.
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And limiting radius ratio

QLE 669

€Lim = exp (— No

¢ Backstrom [8]: Von Backstrom developed an empirical equation for estimating the
outflow coefficient assuming one relative eddy in the rotor.

1
o=1- (3.64)
Fy - sol - 4/sinB1p
with solidity sol as:
1—¢€- Ny
l=——— .
50 271 - sin 1B (3:65)

with the limiting radius ratio €r, = 0.5, radius ratio € = max(ro/r1, €rim), and constant
Fo=5.0

* Qiu [62]: Qiu presented a unified correlation for the slip factor applicable to axial, radial,
and mixed flow impellers. The model is composed of three components:

0 =1— A0radial = AGturn — AO-passage (366)

with the decrement in slip due to the effect of radial rotation, with the blade lean angle y
and shape factor F,

F-m-cospip - sinyq

A0Oradial = 3.67
radial Nbl ( )
the decrement due to blade turning,
F- S1 - ¢1 dﬁ
A =—|— .
Oturn 4COSﬁlB (dm ) (3 68)
the decrement due to any variations of passage width and density
F-¢1-s1-sinfip (d(pb)
A =- 3.69
Opassage 4P1 TH; ( am ) ( )

The author noted that Equation 3.69 is negligible compared to the other terms and can be
neglected. Furthermore, there are mixed results of this model in the literature. Zhang [80]
and Wiesner [75] noted in their slip factor reviews that Qiu’s model may be unsuitable for
1D preliminary design due to the unknown blade turning term o.m. However, a recent
study [22] has found that this model is the most accurate at predicting slip in CFD for
high-speed centrifugal compressors.
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These slip factor correlations are well-validated. In a centrifugal impeller slip factor meta-review
[74], the Wiesner’s original slip factor was shown to provide the best fit with experimental data
across impellers of many specific speeds despite its simplicity. New data-driven models have
been developed recently, such as Zakeralhoseini’s data-driven slip model for small-scale ORC
turbopumps with leakage flow [77]. However, this was not implemented in this work due to
inaccurate results after testing and the lack of validation surrounding this method.

The next step to determine the outlet blade angle 13 is to obtain the internal outlet tangential
flow velocity V], by making use of a suitable slip model. The blade angle is adjusted (increased)
to account for slip and result in an external velocity triangle with the desired head such that
B1s = 1. This is done with Equation 3.70.

Vl’t =V + (1 - G) - U4 (370)

With Equation 3.52, the full velocity triangle is defined, and 1p can be found.

Vl/t - Uy
p1p = arctan ——— (3.71)
Vlm

However, since both Equation 3.52 and Equation 3.70 are a function of 31, the velocity triangle
must be iterated to converge on to the desired outlet tangential velocity.

Outlet Angle Limit While forward-sweptblades provide increased outlet pressure in turboma-
chines, they increase blade loading and lead to flow instabilities [33]. Avoiding forward-swept
blades and limiting the blade angles to 90° (radial blades) is common practice.

In this work, the user can limit the blade angle (90° as default). Given that f1p > f1, the blade
angle could exceed these bounds when accounting for slip. To avoid this, the blade angle is
limited to the imposed bound, and the resulting velocity and head will be decreased. In this
scenario the user is warned and advised to edit other design variables such as the outlet width
b1 or the outlet diameter d; to achieve the desired head.

Finally, remember that only the external outlet velocity triangle affects the final pump head.
The internal velocity triangles are used to obtain the required blade and impeller geometry to
provide the required head.

Vaneless Diffuser

As the flow exits the rotating impeller outlet, it carries a lot of kinetic energy. In most
applications, this kinetic energy is converted into pressure energy, which is most useful in
this form. Additionally, friction losses are a function of the square of the velocity V2, so by
decreasing the flow velocity the total pressure losses are also decreased during transportation
of the working fluid.

2
Pt:P+p-V7 (3.72)

As the amount required to be converted from kinetic to pressure energy is application-
dependent, the diffuser section has to be flexible enough to accommodate various design
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conditions. This can be done by sizing the diffuser outlet diameter dgis (the inlet is fixed on the
impeller outlet diameter d;). See Figure 3.12 for a clearer picture.

R4

volute centre

R3

1 throat

% splitter

0 throat

Figure 3.12: Meridional section view of a centrifugal pump stage with a pinched vaneless diffuser and an overhung
volute [28]

Since the impeller outlet velocity is known, the diffuser outlet flow quantities can be found
for a given geometry using the conservation of mass. The outlet density p, can be assumed
to be equal to the inlet density p; or computed given the outlet thermodynamic state. To
conveniently express the diffuser geometry, each dimension is 'normalized’ by the impeller
outlet radius and blade height, such that the radius is taken as R,/R;. Note that the impeller
exit area does not account for the influence of blade blockage.

2
piViAr piVi by (Rl)

v, _pi b (R 3.73

2 p2A2 p2 by \Rp (3.73)

As the outlet radius R; increases, the velocity V, decreases, and per the energy conservation
with Equation 2.5, the static pressure P, increases.

Volute

The volute is an essential component in centrifugal turbomachines. It collects the radially
directed flow and guides it smoothly toward the outlet to minimize losses. It is often designed
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as a spiral, which increases the area circumferentially up to the outlet discharge. Some volutes
may have a square or oval cross-section.

Figure 3.13: Top view of pump volute [25]

While the volute is spiral-shaped, it acts just like a linear diffuser. Again, the difference in the
area between the inlet and outlet causes a deceleration of the flow velocity. Taking a closer look
at the spiral shape, by considering a stationary, fixed point around the impeller (or diffuser)
circumference, the flow exits with both a tangential and meridional component. To smoothly
guide the flow without large velocity gradients and to maintain a constant mass flow, the
radius is progressively increased around the circumference until the "tongue’, where the outlet
pipe is connected. The area ratio from the inlet to outlet R,/R3 dictates the flow deceleration.
Again, the outlet density p3 can be assumed equal to the inlet density p,, but the outlet area A3
will depend on the cross-section of the volute, commonly circular or square.

_p2-Va-mRy by

V-
3 p3A3

(3.74)
Finally, the exit pressure can be computed with Equation 2.5.

Exit Cone

The final section to be considered is the exit cone, which is essentially another kind of diffuser.
As the name suggests, the shape is conical, with a circular or square cross-section. The
length-to-diameter ratio L/D determines the cone geometry, and the cone semi-angle 6.

This choice of geometry parametrization is taken since it has been found that cone semi-angles
above 10° (rapid area increase) lead to separation and mixing losses, and below 2.5° (slow area
increase) incur excessive friction losses [67].
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Figure 3.14: Exit cone geometry [25].
Loss Modeling

Every design step taken so far has been assuming isentropic conditions. To account for the
various losses incurred by the flow, researchers have developed various loss models over time.
Researchers and engineers have noticed that while the flow within impellers exhibits a complex
behavior, some common flow structures can be found within the chaos. Models have been
built systematically by isolating these phenomena and assessing their impact on hydraulic
performance. Some losses are simple enough to be described with basic fluid dynamics
principles, and some are more complex, requiring experimental campaigns or data-driven
methods to characterize them. This project aims to use models based on first principles and
only use applicable empirical models where necessary.

As shown in section 3.6, Euler’s pump equation provides a simple, loss-free description of
the impeller performance. In reality, because of mechanical and hydraulic losses inside the
impeller and pump casing, the actual pump head is lower than predicted by the Euler pump
equation, and the power consumption is higher than theoretically predicted, see Figure 3.16.
This section describes the various types of losses and introduces models for calculating their
magnitude, developed by many researchers over time. Some of these models are based on first
principles, while others rely on experimental campaigns or data-driven methods. The project
focuses on using models based on first principles, incorporating empirical models only when
necessary.
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Figure 3.16: Power increase due to losses on the

Figure 3.15: Head losses on the head-capacity curve. [38]
head-capacity curve. [38]

Losses are accounted for by altering the total enthalpy change Ah; through a component. This
is done by distinguishing two types of losses:

¢ Internal Losses Ah; iy:: These losses occur inside the primary flow path of a component.
These increase the static temperature T and thus the entropy s of the fluid. Internal losses
reduce the amount of mechanical energy added to the flow.

¢ External Losses Al .y:: These losses occur outside the primary flow path of a component.
These are considered as a I, rise. External losses do not affect the amount of energy
added to the flow, but they increase the required shaft work to deliver a certain amount
of mechanical work to the flow.

Given these two loss categories, two efficiency measures can be defined to assess the performance
of a pump. Firstly, the total-to-total efficiency ny;:

Weul — Ahy it
P —— 3.75
et Weyl + Aht,ext ( )

With w,,,; as the Euler work and Ah; ;n¢, and Ahy iy as the sum of internal and external losses,
respectively. Furthermore, to assess the isolated hydraulic efficiency of a component, the
internal efficiency 1,i,¢ can be defined by neglecting the external losses:

Weul — Ahif,inif

Ntt,int = T o (3.76)
eu

Over the last decades, many researchers have developed sets of loss models suitable to study
the performance of turbomachines. Loss models are either developed from first principles,
experimental data, or a data-driven approach. This variety in model design, coupled with the
various assumptions introduced into each model, adds uncertainty and limitations that should
be considered by the design engineer making use of them. Various studies have focused on
providing optimal sets of loss models for various turbomachines ([56], [55], [31], [50], [2], [77],
[79]). A thorough review of these studies has been done to build the most up-to-date and
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comprehensive list of loss models, giving various options to the design engineer, presented in
Table 4.3.

Internal Losses

The internal loss models commonly applied throughout literature for centrifugal turbopump
impellers are introduced below.

¢ Incidence: Incidence loss occurs when there is a difference between the flow angle S
and blade angle fop at the impeller leading edge. This is typically the case at off-design
conditions or when inlet prerotation exists. A recirculation zone occurs on one side of
the blade when the incidence is nonzero, causing recirculation and mixing. The designer
should match flow and blade angles to minimize incidence losses. Rounding the blade’s
leading edge can help reduce the incidence loss.

— Conrad [17] first introduced the semi-empirical incidence loss correlation as pro-
portional to the tangential relative velocity squared at the impeller inlet, with an
incidence coefficient f;,,. set between 0.5-0.7. Galvas [27] later added that the loss is
related to the difference between the actual flow incidence angle i and the optimum
flow angle i,,; at the on-design point (typically zero).

2
AW,

Aht,inc = finc : >

= % - (Wo - sin |i = igpe])’ (3.77)

— Aungier [6] proposed an incidence loss correlation assuming axial inflow. The loss
is evaluated by the difference between actual and ideal relative velocity:

(3.78)

2
Vi
Aht,mc:o.zl-(wo— ‘””)

Sinﬁog

¢ Skin Friction: Friction occurs when the fluid is in contact with the rotating impeller and
the stationary pump casing surfaces. The friction causes a pressure loss, which reduces
the head. The magnitude of the friction loss depends on the roughness of the surface
and the fluid velocity relative to the surface.

- Jansen [39] introduced correlation based on the assumption of a pipe flow, which
does not consider the non-uniform velocity distribution in the impeller channel due
to the boundary layer. The impeller skin friction coefficient C estimate is discussed
in Appendix A (Equation A.5).

L I
Ahpgp=2-Cp- —2 W2 (3.79)

With the weighted average relative velocity proposed by Aungier [6],

V0,5+V1+W0,5+2~W0,h +3'W1

W =
8

(3.80)

Impeller hydraulic flow length Lyyq,
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4
-b1+2-L,|- .81
1+ Z) (cosﬁ(),s + cos o, + 2 cos f1 (3:81)

dO,s + dO,h
2

Tt
Lhyd=§' dr —

The impeller’s axial length L, can be prescribed as a function of the outer diameter
dq if the ratio s—i is known:

L, =d- E—i (3.82)

Or it can be estimated with an empirical correlation proposed by Aungier [6]:

dq
dO,h

L.=d - (0.014 +0.023 - —— +1.58- ¢t1) (3.83)

Finally, the impeller’s average hydraulic diameter Dyyq:

do,s do.i cos Bo,s+cos o
cos fB1 0.5 ( 4 T 2

N + d1-cos py Nt + dostdon | | (cospos+cospon
s H1 TC dO/S_dO,h 2

Dhya = d - (3.84)

— Giilich also proposed a correlation by considering the influence of different rough-
nesses on the casing walls and impeller shrouds [33]:

Lhya —
—0.C,. Y W2
Ahygr=2-Cy Do W (3.85)
H,
Ca = (Cy +0.0015) (1.1 +4. R—) (3.86)
1
0.136

Cy= (3.87)

. 125 2.15

¢ Tip Clearance: With unshrouded impellers, clearances exist between the blades and the
casing. The adverse pressure gradient between the two surfaces of the impeller blade
induces a loss and a leakage flow through the clearance gap. This efficiency drop and
pressure loss are almost proportional to the relative tip clearance.

- Jansen [39] found that the fluid experiences a rapid contraction and expansion
process through the tip clearance, considering the ratio of the inlet to outlet density.
Note that since this model was developed for a mean-line code, the flow properties
should also be mean-line.

Ahy =06

e |Vinl \/4n Vil - Vo - kel 658)

b1+% (b1+%)-Nbl
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ry. =T
ke = ——= O (3.89)
(r1=70,) (1 + %)
— Giilich proposed an empirical correlation for the tip clearance losses. [33]
Al = Uf - ihis - (1= R) (3.90)
25-2
R= 2 (3.91)

b dy e\ 0112 g 04
d_z'(l_d_z)'Nbl'(E) Mg e sinfy - sinfr
- Giilich-mod: Zakeralhoseini modified Giilich’s model to include a wider array of

specific-speed pumps and conditions [77].

Ahg e =UE - ¢js - (1 - R) (3.92)

0.465 - 0051 . (ﬂ)0'483 (2
7 q by d>

)0.383
R =

3.93
sin 510.142 . sin 520.834 ) N£i053 (3.93)

— Van Den Braembussche also proposed an experimental model from his own research
[71].

R 2
ﬂ) u? (3.94)

Ahy g =243 |e;] - H - (1 - (
Ry

* Separation: The separation loss is caused by the reverse pressure gradient along the flow
direction and corresponding boundary layer loss. Well-designed impeller blades should
not suffer from flow separation losses at their design operating conditions. However,
at off-design conditions, the diffusion levels can become very high, and the flow can
separate, leading to excessive losses and possibly stall.

— Oh determined a critical ratio after which the flow separates from the impeller
blades [56].

2
0.61- ([t —1.4) W2 for i > 14

Aht,sep =
for %‘l’ <14

(3.95)

¢ Blade Loading: The work transfer by the blades is inherently linked to non-uniform flow
over the pitch of the blades. However, as it increases, the non-uniformity of the flow
causes losses induced by the pressure difference from the pressure side to the suction
side, affecting the secondary flow and boundary layer separation inside the impeller
passage.
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— Coppage [18] thought of flow diffusion as the main cause of boundary layer growth.
He proposed the following equation to calculate the blade loading loss:

Aht 1 = 0.05 - (DF - Uy)? (3.96)

The diffusion factor DF is given by:

-
Wi |Ahy| W Ny do,s

DF=1-14075. ALY P
Wo ui  Wos \m(1—dos/d) di

(3.97)

With |Ahy| as the impeller’s Euler work.

— Aungier [6] proposed that the blade-to-blade pressure gradient produces a strong
secondary flow. He presented the loss correlation as a function of the relative
velocity difference between the suction and pressure sides:

AW

== 9
Ahy py 13 (3.98)
27 - dl . Vlt
AW=——— 3.99
Npi - Lnya (3:99)

¢ Mixing: The mixing loss arises from mixing the suction surface and pressure surface
boundary layers with the flow region just behind the trailing edge. The sudden expansion
at the impeller’s trailing edge creates a jet wake region at the impeller outlet.

- Johnston and Dean [43] theorized that a jet flow mixes with a wake flow at the
impeller outlet as a rapid expansion process. They assumed that the static pressure
in the jet and wake are the same at the impeller outlet and that there is no relative
flow in the wake. Where €, represents the wake width, ranging from 0.366 to 0.482,
and B is an expansion coefficient, relating the outlet area of the impeller to the inlet
of the diffuser (commonly set to 1).

Aht,mix =

2 2
e 1%
! (1 Cw B) L (3.100)

1+tan2(a;) \ 1-e€w 2

— Aungier [6] realized that once flow separation occurs, there is no further diffusion
in the impeller channel, and the relative velocity difference between the separation
point and the impeller outlet can be used to evaluate the mixing loss.

Aht,mz’x =0.5- (Wsep - ‘/Vout)2 (3.101)

With

2
_ Vi-Aq 2
Wout = \/(n i b1) + W5 (3.102)
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The wake flow mixes with the jet flow at a relative separation velocity Ws,,. If the
equivalent diffusion factor D,,; > 2, separation is assumed to occur inside the flow

passage.
W, =i Deg<2 (3.103)
sep — leDeq Deq >0 .
With
Wy + W1 + AW
Winax = % (3.104)
W,
Deg = V’\’Z" (3.105)

The relative velocity difference AW between the pressure and suction sides is given
as:

27 - dl . Vlt
AW = ———— 3.106
Np; - Lnya ( )

External Losses

List of available external loss models applicable to centrifugal turbopumps. Again, these
models are only applicable to the impeller.

¢ Leakage: Leakage loss occurs because of flow circulation through gaps between the
rotating and fixed parts of the pump (impeller and casing). Leakage loss results in a loss
in efficiency since the flow in the impeller is increased compared to the flow through the
entire pump. To minimize the leakage flow, the gaps should be made as small as possible.
When the pressure difference across the gap is large, the gaps must be small.

— Aungier [6] proposed the following correlation:

ring - Upg - Uy

Ahijp = ————— .107

1k i (3.107)

Uy = 0.816, | 2Otk (3.108)

P1

tije = p1 - Uik - Nop - €c1 - Liya (3.109)
in-(R1V1 — Ry sV,

APy = (R1V1t = Ro,sVor,s) (3.110)

Ro,s+R bo+b
Nyt - Liya - (%) . (%)

— Jansen [39] developed the following model:

-1
€cl 4n ot = 10,k p1
Ahj =06 == -V, . —[1+—] V-V 111

=06 b 1\/b1‘Nbl "= To (+Po) e (B.111)
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* Recirculation: Under partial flow rates, part of the fluid flows back to the impeller
due to the relatively large adverse pressure gradient at the impeller outlet, consuming
additional shaft work from the impeller and reducing the effective cross-section area
which the flow experiences. The result is a considerable mixing loss. Recirculation is a
complex phenomenon that strongly depends on the geometry and operating point. In a
high-pressure and highly-loaded centrifugal compressor, high recirculation loss occurs
due to the large exit absolute flow angle and high diffusion factor?.

— Oh [56] examined the exit absolute flow angle and applied a hyperbolic function.
The loss correlation was validated with experimental results using low-pressure
ratio centrifugal compressors. It is not recommended for highly loaded centrifugal
pumps:

Ahy e =8-107-sinh(3.5- &) - (DF - Uy)? (3.112)

— Coppage established the following correlation [18]

At e = 0.02 - tanay - (DF - Up)? (3.113)

¢ Disk Friction: Disk friction occurs on the shroud and hub of the impeller because it
rotates in a fluid-filled pump casing. The fluid in this cavity between the impeller and
pump casing starts to rotate, creating primary and secondary vortices. The geometry of
the cavity and the surface roughness play an important role.

— Daily and Nece [21] conducted an experimental study where a smooth plane
disk rotated within a right-cylindrical chamber. They analyzed the experimental
phenomena to establish the following loss correlation

po+p1 RI-IY

Ahtap = Ky - — 4m G119
(E_b " 37 forRey <3x10°
=0
- {1 & e
(H_l) . Re?l for Rey >3 x 10

Vaneless Diffuser Losses

The flow continually diffuses along the radius of the vaneless diffuser, resulting in an enthalpy
loss due to friction and diffusion. Stanitz [68] developed a radially discretized flow solution
from the conservation of mass, momentum, and energy that can be solved through Runge-Kutta
integration.

2The diffusion factor DF is shown in Equation 3.97
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av,, V? Cvzcosa 1dP

@V _ Vv 2ar 11
"R TR T Heing T pdR 0 (3.116)
av, V.V, Vicosa
ViR VR P Y Hsing 0 (3.117)
1dp 14V, 1dH 1
__+__+__+—:0 3118
pdR "V, dR " HdR R (3-118)
v, A% v,
Vit 4 Vyp— 22 + V,—L =0 (3.119)

dR dR dR

The skin friction coefficient Cy is discussed and shown in Appendix A (Equation A.7).

Volute Losses

Japikse [41] reported a loss modeling technique for an overhung volute based on the geometrical
area ratio AR = Az/A;. The loss in the volute is expressed as a total pressure loss APy

APt,vol = (Km + K@) : (Pt,Z - PZ) (3.120)

With the flow swirl A = V;;/V, ,, entering the volute, tangential Kg and meridional K, loss
factors are computed. The tangential flow component is modeled assuming that losses only
occur if the tangential flow decelerates (diffusion):

1+A2
0 if AR - A <1 (Acceleration)

2
[ Rs C(A=1/AR? . ) . .
F» ( ) —L=— if AR- A > 1 (Diffusion) (3.121)

Furthermore, it is assumed that the meridional component of kinetic energy entering the volute
is completely lost.

Fq

= — 3.122
1+ A2 ( )

m

Empirical correction factors F; and F, are included, with values of [0.6 - 1.0] and [0.5 - 1.0],
respectively.

Exit Cone Losses

The exit cone total pressure loss AP; ., is estimated using well-known duct flow correlations

[1].

V2 8 . Cf N Lcn
AP . = pn s — . — 12
t,en = P3 5 03+ pa (3 3)

The friction factor Cy can be found with Equation A.5 in Appendix A.
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NPSHgr Modeling

Assessing if-and when—a pump is experiencing cavitation is a crucial component in the design
methodology. The inception of cavitation is very simply given when the static pressure falls
below the vapor pressure P < P,. As explained in subsection 2.5.1, the available net positive
suction head NPSH,4 measures how much pressure ‘margin’ is available before cavitation
inception occurs.

Py - P,

NPSH, = (3.124)

However, in practice, cavitation inception NPSH; is not commonly used, as it is hard to measure,
and it does not affect performance significantly. The most used NPSHy, criterion is NPSH3o,,
which is usually found via experimental campaigns. Transient multiphase CFD simulations
are still prohibitively expensive during the design exploration phase; therefore, this work uses
several empirical models and conservatively makes use of the maximum value provided from
the following set:

Source Equation
v2 w2
Pfleiderer [60] NPSHg = AC%S;O + /\wﬁ
4/3
Gilich [33]  NPSHy = (249)

Stepanoff [69] ~ NPSHg = 1.22-107% - n}”* - H

4/3
Petermann [60] NPSHy = % . (%6)
with suction number S; = (0.2)0.4...0.6(2.0)
Europump [61] NPSHz = (0.3...0.5) - nv/Q

Table 3.2: Summary of NPSHR Equations from Various Sources

These simple models give a rule-of-thumb estimate to avoid cavitation regimes during design.
They are calculated at each design point, and the maximum NPSHpy value is chosen as a
conservative approach. This is compared against the computed NPSH,4 such that NPSH, >
NPSHR over the entire operating range.
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Software Tool

This chapter discusses the details of the reduced-order model program structure, methodology
implementation, and other various features. This work aims to consolidate these methodologies
and provide options for the end-user to fulfill their design goal.

Reduced Order Model

This pump design program has been implemented into TurboSim, a general turbomachinery
design framework developed at the Aerospace Power and Propulsion department of TU Delft.
Extensive work has already been done to develop design models for axial turbines, radial
inflow turbines, and centrifugal compressors. This in-house tool allows design exploration in a
wide region for a relatively low computational cost.

The program is written in Python and uses an object-oriented approach. It computes the
fluid-dynamic performance of a pump stage based on various design variables and the
lumped parameters system modeling method while including the spanwise distribution of flow
properties. Furthermore, it uses loss models based on first principles and validated correlations
to deal with arbitrary flow regimes and working fluids.

Lumped Parameter Method

A lumped parameter model considers discrete flow properties at a component inlet and outlet;
it does not consider radial or axial gradients in the fluid properties. A fully distributed
model (such as CFD) would consider the variation of fluid properties and interaction with its
neighboring elements in all three dimensions and over time.

The impeller has two stations: at the inlet and the outlet. Quantities like Pressure, Temperature,
and Density are computed at these locations. The first station lies upstream of the impeller inlet,
and the second station lies immediately downstream of the impeller outlet. This approach is
efficient at obtaining first-order estimates of the performance of a machine.

The remaining components downstream of the impeller are symmetrical along their span
(radial diffuser, volute, and exit cone), so instead, they are discretized into multiple elements
streamwise.

49
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Thermophysical Modeling

A thermophysical property library is used to update the thermodynamic state of the working
fluid at each station. Two highly accurate and efficient options, CoolProp and REFPROP, are
available.

¢ CoolProp [10] is an actively maintained, open-source, cross-platform thermophysical
property library written in C++. It provides accurate and consistent thermodynamic and
transport properties for various fluids. The library is widely used in engineering and
scientific applications, particularly thermodynamics, heat transfer, and fluid mechanics.

¢ REFPROP [46] (Reference Fluid Thermodynamic and Transport Properties Database) is a
highly accurate, commercial software developed by the National Institute of Standards and
Technology (NIST). It is widely regarded for its precise property calculations, especially
in the refrigeration and air conditioning industries. REFPROP is a commercial package
developed by NIST and is not freely available.

In this implementation, CoolProp is used as a high-level wrapper. If desired, the backend
can be changed from the recommended HEOS (Helmholtz Equation of State) to REFPROP
(if locally available). The HEOS model [47] can represent pure fluid and mixture states with
uncertainties of 0.1% in density and 1% in heat capacities with relatively simple functions given
experimental data of comparable uncertainties.

Program Structure

The main goal of the program is to provide a detailed performance analysis of a specific
machine based on a set of inputs. It can be used to evaluate the performance of an existing
pump design or to create a new and optimized design to meet specific performance criteria.

Below is a meridional section of the pump, with stations: 0 (impeller inlet), 1 (impeller outlet /
diffuser Inlet), 2 (diffuser outlet/volute inlet), and 3 (volute outlet / exit cone inlet).
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Figure 4.1: Meridional channel of the pump with numbering convention. Adapted from [28].

The program is built using an object-oriented approach. This means that every function and
method can quickly access and update the flow properties at each station. It computes flow
properties in the same order as the flow passing through the machine but in an iterative manner.
The overall design workflow of the program is shown in Figure 4.2 below.
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Figure 4.2: TurboSim architecture

The following sections briefly overview the programs’ various modules. The fundamental
methodology is laid out in chapter 3. However, practical considerations are not accounted for.
This is explained here.

421 On-Design Performance

This module is at the core of the reduced-order model. It designs a pump stage to achieve the

prescribed pressure rise. The following set of inputs are required to initialize the process:



4.2. Program Structure 53

Parameter Symbol Unit Data type
Basic Settings Fluid - - string
Equation of State EoS - string
Outlet Station - - int
Inlet Total Pressure Pso Pa float
Inlet Total temperature Tio K float
Inlet Mass Flow 1it kg/s float
Design Variables Total Pressure Rise AP; Pa float
Outlet Absolute Flow Angle deg float
Isentropic Work Coefficient Yis - float
Diffuser radius ratio R3/R> - float
Impeller Inlet Shape Factor k, - float
Total Number of Blades Ny - int
Rotational Speed RPM rev/min int

Table 4.1: Inputs required to initialize the On-Design performance routine

A few notes about these inputs:

¢ The selected fluid should be available in the corresponding thermodynamic library
chosen through the equation of state (EoS) model (HEOS, REFPROP).

¢ Parameters in italic are optional. They can be set to zero for default settings. If the
impeller outlet absolute flow angle a; or the total number of blades Nj; are unknown,
setting them to zero to allow for an automatic computation, as explained in chapter 3.

¢ The number of components modeled is determined by the outlet station number, as
follows:

— 1: Impeller

— 2: Impeller + Vaneless Diffuser

- 3: Impeller + Vaneless Diffuser + Volute

— 4: Impeller + Vaneless Diffuser + Volute + Conical Diffuser

¢ To size the inlet, various options are available:

— None: Minimum relative inlet velocity (subsection 3.5.2.A)
- ngs: Selected suction speed (subsection 3.5.2.B)

— Aw, Ac: Selected A, coefficients (default A, = 1.1), (subsection 3.5.2.D)

Furthermore, one of the following slip models must be selected:

Model Options Data type

Slip backstrom  string
wiesner
gulich
qiu
none

Table 4.2: Available Slip Models
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This first module begins by sizing the pump geometry while only considering the isentropic
head. This geometry serves as a baseline to which the effects of incidence, blockage, slip, and
losses are added. The baseline geometry is modified accordingly to account for these effects.

Firstly, the inlet blade angle Bop is designed to have zero incidence at the design point (BEP)
while accounting for blade blockage. The outlet blade angle f1p is designed such that the
effects of slip and blockage are iteratively compensated for to achieve the prescribed isentropic
head. This angle is limited to a radial design 1z = 90°, after which performance is degraded
due to a reduction in the tangential velocity component Vy; from slip.

Now that the blade angles are set, losses are accounted for through the multiple models
available. Based on several loss-model reviews ([79], [56], [55], [28]), the following loss set is
recommended for centrifugal turbopumps.

Loss Model Reference

Internal Losses Incidence aungier
galvas
isentropic
jansen
gulich
isentropic
jansen
gulich
gulich-mod
isentropic
Separation oh
isentropic
aungier
coppage
rodgers
isentropic
aungier
johnston
isentropic

Equation 3.78

Skin Friction Equation 3.79

Tip Clearance Equation 3.88
Equation 3.95
Loading Equation 3.98

Mixing Equation 3.101

External Losses Leakage jansen
aungier
isentropic
coppage
oh
isentropic
daily
isentropic

Equation 3.111
Recirculation

Equation 3.113

Disk Friction Equation 3.114

stanitz
isentropic

Other Losses Vaneless Diffuser Equation 3.116

Volute
Exit Cone

japikse
friction

Equation 3.120
Equation 3.123

Table 4.3: Available loss models. Recommended set highlighted in bold and referenced.
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With the impeller geometry set and the loss models selected, the remaining components are
designed (if chosen so). The procedure is fairly straightforward. The diffuser, volute, and
exit cone are discretized streamwise from the input to the output. Through the conservation
of energy and momentum, the flow properties are known. If desired, friction losses can be
accounted for, as explained in chapter 3. Once the losses for each component are computed,
the resulting enthalpy rise at the outlet station is calculated:

Aht = Aht,is - Z Aht,loss (41)

With this newfound enthalpy rise, the total quantities (p;, pt, T;) at the outlet are found by
updating the thermodynamic state of the flow. Now, the actual pressure rise after losses is
computed and normalized to obtain a residual:

res = Putarget = APt designed (4.2)
AP t,designed

Every step up to this point is wrapped into the fsolve optimizer from SciPy, which attempts
to minimize the value of Equation 4.2 by varying the target pressure rise AP; t,¢.¢. In other
words, the optimizer searches for an isentropic pressure rise such that when including losses,
the resulting pressure rise matches the input target. As expected, this results in a higher
isentropic pressure rise than prescribed from the inputs.

Off-Design Performance

The pump off-design performance module is fairly straightforward. First, the operating range is
established from zero mass flow to the mass flow corresponding to zero head under isentropic
conditions. This is not achieved in practice, as the thermophysical model does not converge at
mass flows far from the design point (relative to the rpm). Then, the on-design module is run
at each speed line for each mass flow rate. By doing this, an operational map of the pump is
constructed. Every variable of interest is stored for each mass flow rate and speed line.
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Figure 4.3: H-Q operational map of a pump running on R245FA. Dashed lines represent an unstable operating
regime.

For each operational point, both the NPSHg and NPSH 4 are calculated to assess if cavitation
may occur.
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Figure 4.4: NPSHpy, and NPSH,4 for a R245FA pump. The region to the right of the intersection of the NPSHg and
NPSH lines indicates a cavitating regime.
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Optimization

The optimization algorithm used in this study is NSGA-II [23], an evolutionary algorithm
for multi-objective constrained optimization problems. This is implemented through Pymoo
[12], an open-source Python library. A genetic algorithm has the following benefits over a
gradient-based method:

1. The gradients of the objectives and constraints are discrete and cannot be determined
analytically.

2. The multiple design variables and non-linear constraints make numerical computation of
the gradients very costly.

3. Genetic algorithms allow for efficient design space exploration and are less prone to
getting stuck in a local minimum than a gradient-based method.

An initial population of ten individuals for each design variable is initialized, sampling the
design space using the Latin hypercube method (LHM)), a statistical method for generating
a near-random sample of parameter values from a multidimensional distribution. Then, the
population evolves until either the maximum number of generations is reached or the relative
improvement of the previous generations falls below a predefined threshold. The optimization
variables are floating-point numbers except for the number of blades and RPM, which are
integers. The optimization problem definition is shown below:

minimize (1 =7#), (1 = ORges)
R . —R.
subject to LD Tt <0, Min. hub radius
R1,1'm1b, min
Dmin tip = Dt
Zillfip  Pthroat _ Min. throat dimension
Dmin tip
Hj min — H:
2min 72 _ Min. impeller outlet blade height
H2,min
R3 - R
DR o 0, Max. volute outlet radius
R4,max
AR in — AR
el TR vol _p, Min. volute AR
ARvol, min
ARy — AR
vol vol max g Max. volute AR
ARVOI, max
IAP; des — APt target] AP
e farget] _ Dlfierrmax 0, Max. deviation w.r.t. design point AP
AP t,target 100
max(F, =I5
(Fax,des) = Fax,max <0, Max. bearing axial thrust
F ax,max
max(P -Pp
(Pet,des) ~ Pel,max <0, Max. electric motor mech. power
12 el, max
T, -T
max(Tges) — Tmax <0, Max. electric motor torque
Tmax
NPSHpR) — min(NPSH
e R) — min 4) <0, Net Positive Suction Head (NPSH)
max(NPSHER)
with design variables a1, Y, ky, Ny, DRgigs, RPM

Furthermore, the optimizer requires convergence criteria to terminate the process. These have
been set as the following;:
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e xtol =5 x 10~*: Tolerance for the change in the decision variables (x). If the change in
the decision variables is less than a certain number of iterations, the optimization will
terminate. This ensures that the algorithm stops when the solution has converged in the
decision space.

* cvtol = 1 x 107®: Tolerance for the constraint violation (cv). The optimization will
terminate if the maximum constraint violation exceeds this value. This ensures that the
solutions are feasible with respect to the constraints.

e ftol = 1 X 1073: Tolerance for the change in the objective function values (f). If the
change in the objective function values is less than a certain number of iterations, the
optimization will terminate. This ensures that the algorithm stops when the solution has
converged in the objective space.

¢ n_skip = 1: Number of generations to skip between checks for convergence.
* period = 3: Frequency (in generations) at which the convergence criteria are checked.

* n_max_gen = int(config[’Optimization’][’'n_max_gen’]) * len(lower_bounds):
Maximum number of generations allowed for the optimization process. This pro-
vides an upper limit on the number of generations to prevent the algorithm from running
indefinitely.

* n_max_evals = 100: Maximum number of function evaluations allowed, providing
another upper limit to prevent excessively long runs.

Verification Methodology

This section documents the results of the TurboSim model and the computational fluid dynamics
(CFD) simulation, and 1D calculations from commercially available software packages. Then,
these results are compared.

In this work, CFTurbo [15] and ANSYS CFX [4] are made use of to assess the accuracy of the
results obtained with TurboSim. CFTurbo is a proprietary turbomachinery design software
built on turbomachinery fundamentals using meanline design principles. It can generate 3D
computer-aided design (CAD) geometry and calculate and report isentropic flow quantities.
Furthermore, ANSYS Workbench is used to model and mesh the 3-dimensional geometry
required for CFX using TurboGrid. The CFD simulations are run on the DelftBlue high-
performance cluster (HPC) provided by TU Delft running on 32 cores of an Intel Xeon Gold
E5-6226R 16C at 2.9GHz.

Verification is carried out in two steps. First, on-design, isentropic meanline results and
geometry generation results are compared against CFTurbo. Then, off-design 3D viscous
simulations are carried out in ANSYS CFX to assess loss model performance.

CFTurbo

As a general turbomachinery design program, CFTurbo has several capabilities from which the
centrifugal pump design module is used. CFTurbo has limited loss modeling capabilities as it
only considers global efficiency using a hydraulic loss efficiency factor 1, and a volumetric
efficiency factor 1,. This approach is overly simplistic for the verification purposes of this
work. Therefore, CFTurbo is only used to verify the main calculation routine of this work under
isentropic conditions by setting these efficiency factors to 100%.
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CFTurbo is fed the same inputs used in TurboSim, allowing for a straightforward process. The
fluid, inlet conditions (P, T;), and main performance parameters (Head H, mass flow rate 1,
and rotational speed 1) are set. In subsequent steps, other design variables are input: Blade
number Ny, blade thicknesses t;,, t;., work coefficient ¢, inlet shape factor k, and inlet diameter
dy.

ANSYS

The figure below shows that various modules are used and connected to run automated
simulations within the ANSYS Workbench environment.
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Turbomachinery Fluid Flow

[pd Parameter Set

Figure 4.5: ANSYS Workbench set-up.

First, Vista CPD generates a default pump impeller geometry, which is fed into BladeGen and
modified to precisely match the meridional and blade shapes generated by the presented
ROM. Then, Turbo Mesh creates a structured mesh and sends it into CFX for pre-processing,
solving, and post-processing. Lastly, the setup process is automated to obtain speedline
performance data. The Performance Map block generates discrete design points for the
parametric Parameter Set block that monitors and runs simulation batches with changing
rotational speeds and mass flows.

BladeGen (Geometry Definition)

BladeGen is a specialized software tool within the ANSYS software suite that designs blades for
turbines, compressors, pumps, and fans. It provides a graphical interface to parametrically
define the blade’s profile by specifying key parameters such as blade angles, thickness
distributions, blade wrap distributions, and meridional contours. VistaCPD initializes the
geometry, which is then modified to the exact design specifications. As the impeller is
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axisymmetric, only one passage is modeled with periodic boundary conditions to reduce the
computational cost.

TurboGrid (Meshing)

TurboGrid is a powerful meshing program that creates structured meshes for various turboma-
chinery components. After importing the desired geometry, the rotational axis and machine
type are selected, and TurboGrid can automatically generate a reasonably structured mesh.
The mesh block topology partitions for the impeller of Case A are shown below.

o

Figure 4.6: Unwrapped blade-to-blade mesh topology for Case A

The generated mesh is refined further to ensure a high-quality but computationally reasonable
mesh. A mesh sensitivity study is done in Figure 4.3.2. It uses elements with proportional
boundary layer refinement control and adaptive first-element offset. A detailed view of the
meridional inlet mid-section mesh projection is seen below. The inlet section has an H-Grid
type mesh, with a target of 10 elements at the outlet section. The outlet region is further
refined to better capture flow non-uniformities for the mass flow averaging of flow properties.
Additionally, this enables a better domain interface if modeling a diffuser downstream.
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Figure 4.7: Truncated blade-to-blade mesh view of a LOX pump blade at the shroud. The inlet is on the left, and
the outlet is on the right.

CFX (CFD Solver)

CFX is used for steady-state, single passage RANS simulations to assess the pump performance
by running multiple simulations where the rotational speed and mass flow rate are varied over
a prescribed operating range.

After importing the mesh into CFX-Pre, the Turbo Setup tool is used to set up the simulation.
The rotational speed, mesh regions, fluid properties, periodic boundary conditions, and inlet
and outlet boundary conditions are set. The fluid properties are imported from REFPROP
in a tabulated format as an .RGP file, which allows for very quick fluid thermodynamic state
updates. The boundary conditions imposed are rotational speed 1, inlet total pressure P; and
temperature T;, and the outlet mass flow rate 7i1. The turbulence intensity at the inlet is set to
K = 5%. The ¥ — w SST turbulence model is also used with total energy heat transfer and the
viscous work term enabled. The high-resolution advection scheme and turbulence numerics
are used. This "High Resolution” scheme implements a non-linear blending factor between a
first-order and a second-order upwind discretization scheme, which is adjusted throughout
the solution. A summary of the settings used through the project is shown in Table 4.4 below.
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Setting Value
Advection Scheme High Resolution
Turbulence Numerics High Resolution
Min Iterations 200

Max Iterations 1000

Min RMS le-5

Time Scale Control Auto

Boundary Conditions Py, T, —m

Inlet Turbulence Intensity 5%

Table 4.4: CEX-Pre Settings

To monitor convergence, RMS residuals of pressure, momentum, turbulence, and heat transfer
rates are monitored until dropping below a value of 1le-5. Additionally, a monitor is defined to
track the evolution of the head during the simulation to quickly assess problems. The mass
flow averaging method is used since the flow may be highly nonuniform at the outlet region
due to separation and mixing. Since the flow is subsonic and density is quasi-constant, the
averaged velocity conserves the momentum flux. This monitor is defined as an ANSYS CEL (CFX
Expression Language):

Head Monitor = (

massFlowAve(Total Pressure in Stn Frame)@Blade TE -
massFlowAve(Total Pressure in Stn Frame)@Blade LE)
/(9.81 * ave(Density)@Blade LE)

It was seen that most simulations with 400k mesh elements could converge successfully from
initial conditions after around 300 iterations. Those that did not successfully converge usually
lay at the extremes of the operating range and showed large separation and recirculation
regions in the flow field solution. These unsteady phenomena do not converge well in a
steady-state RANS simulation; see Figure 4.8. Furthermore, most simulations are initialized
with the previous solution as initial conditions (this is done when simulating various speed
lines and mass flow rates). A minimum and maximum iteration count of 200 and 1000 per
design point was set to ensure convergence without high computational cost. Simulations with
non-converged solutions are discarded.
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Figure 4.8: Pressure and velocity RMS residuals of a speed line simulation batch.

Lastly, two options are available as domain interfaces when modeling a stationary diffuser
downstream: Mixing plane or frozen rotor. A mixing plane interface is the most commonly
used in steady-state turbomachinery simulations since it performs a circumferential averaging
of the flow quantities. This is the option used in this project. Alternatively, a frozen rotor
interface is another common option, where the flow field is solved for a given angular offset
between both components. This is useful when fluid structures must be preserved downstream.

Verification Study Results

The results of the CFD simulations and CFTurbo meanline calculations are shown in this
section. The output from the CFD solver is inspected using CFX-Post. A pump impeller report
is generated with the variables of interest at various points: inlet, outlet, blade leading edge,
and blade trailing edge.

Test Cases

Two cases are studied to verify TurboSim. Due to time and resource constraints, only the
impeller is modeled.

For Case A, a low specific speed pump (1, = 8.3) with a refrigerant (R245FA) as a working
fluid is chosen, based on the work from [78]. Only the impeller is modeled. The BEP design
parameters are listed below. For Case B, a moderate specific speed (1, = 51.4) liquid oxygen
turbopump is modeled after the space shuttle’s main engines (RS-25). A summary of the two
cases is shown below.
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Parameter Symbol Unit Case A ‘ Case B
Basic Settings Fluid - - R245FA | Oxygen
Equation of State EoS - HEOS | HEOS
Outlet Station - - 1 1
Inlet Total Pressure Pio bar 6.35 60
Inlet Total temperature Tio K 308.15 80
Inlet Mass Flow 1i1 kg/s 0.5 48
Design Variables Total Pressure Rise AP; bar 19.05 200
Impeller Inlet Shape Factor k, - 0.8775 | 0.8
Total Number of Blades Ny - 14 6
Rotational Speed RPM rev/min | 25000 22000

4.4.2 CFTurbo

4.4.3

Table 4.5: Input summary for verification cases

The results of the isentropic on-design meanline calculation from TurboSim are compared
with with CFTurbo. Below, the main flow quantity outputs from this work are compared with
CFTurbo and shown in Table 4.5

Case A Case B
Variable Unit | ROM CFTurbo Difference | ROM CFTurbo Difference
Uy [m/s] | 11.86 11.90 0.34% 98.31 98.34 0.03%
Vo [m/s] 3.06 3.10 1.31% 45.78 45.79 0.02%
Vot [m/s] 0.00 0.00 0.00% 0.00 0.00 0.00%
Vom [m/s] 3.06 3.10 1.31% 45.78 45.79 0.02%
Wo [m/s] | 12.30 12.35 0.41% | 109.72 109.74 0.02%
Wot [m/s] | -11.86 -11.90 0.34% | -98.31 -98.34 0.03%
Bo [deg] | -73.72 -71.80 2.60% | -62.19 -62.20 0.01%
Bos [deg] | -68.75 -66.25 3.64% | -57.11 -57.14 0.05%
U, [m/s] | 51.21 51.20 0.02% | 202.68 202.69 0.01%
Vi [m/s] | 28.41 28.40 0.04% 86.94 87.28 0.39%
Vit [m/s] | 28.35 28.40 0.18% 81.54 81.91 0.46%
Vim [m/s] 1.71 1.70 0.58% 30.17 30.19 0.06%
Wi [m/s] | 2291 22.90 0.04% | 124.84 124.41 -0.34%
Wit [m/s] | -22.85 -22.90 0.22% | -121.14 -120.78 -0.30%
B1 [deg] | -85.71 -85.70 0.01% | -76.01 -75.94 -0.10%
BB [deg] | -84.16 -84.20 0.05% | -68.87 -69.96 1.56%

Table 4.6: Flow properties at the impeller inlet and outlet mid-span from TurboSim and CFTurbo.

The resulting geometry from both methods is in very good agreement. These results are

consistent with other case studies performed.

CFD

The CFD results are now shown and compared to the results obtained with TurboSim. First, a
mesh independence study follows the methodology shown in Figure 4.3.2. Then, the qualitative



4.4. Verification Study Results 65

flow field is shown. Finally, the performance and efficiency maps are shown.

Mesh independence

The results of CFD simulations are very sensitive to the given inputs and configuration
parameters. Furthermore, performing a grid independence study is important to show that the
results obtained from CFD are independent of the mesh resolution. This is done by running
the same simulation multiple times while increasing the mesh size without changing any other
parameter. The BEP of the pump was chosen as the benchmark point. A table with the various
mesh sizes and quantities of interest is shown in Figure 4.10, and Figure 4.10 below.
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Figure 4.9: Case A CFD mesh sensitivity analysis
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Figure 4.10: Case B CFD mesh sensitivity analysis

As the number of elements increases, the simulated head converges to a steady value. This is



4.4. Verification Study Results 66

also in good agreement with the expected head from TurboSim. A 400k element mesh was
conservatively chosen as computationally affordable while sufficiently accurate.

Flow Fields

Looking at the flow field of the impeller for Case A at the design point qualitatively, the
direction of rotation is positive around the Z-axis.

Figure 4.11: Blade-to-blade contour plot of the total ~ Figure 4.12: Blade-to-blade contour plot of the total
pressure in the relative frame at 50% span. pressure in the stationary frame at 50% span.

Figure 4.13: Blade-to-blade contour plot of the relative Figure 4.14: Blade-to-blade contour plot of the relative
velocity in the stationary frame at 50% span. velocity in the stationary frame at 50% span.
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Figure 4.15: Blade trailing edge contour plot of the total Figure 4.16: Blade trailing edge contour plot of the
pressure in the relative frame. relative velocity in the stationary frame.

The flow remains attached throughout the impeller passage. Given that this is a steady-state
RANS simulation with circumferential periodicity enabled per passage, the flow is mostly
uniform. As expected, the total pressure increases along the meridional channel, and the
trailing edge contour of the total pressure and relative velocities show that the pressure side of
the blades is more highly loaded than the suction side. This trailing edge view also shows the
boundary layers along the passage surfaces. Additionally, there seems to be a local pressure
reduction bubble on the suction side of the leading edge, which, at higher flow rates or
rotational speeds, could lead to the inception of cavitation.

Performance Maps

Examining the various performance maps resulting from both TurboSim and CFD to assess
their relative agreement, the Flow-Head (H-Q) maps and the total-total efficiency 1;; maps are
of interest, as they give a good insight into the loss modeling and the resulting head. Additional
maps showing the expected torque, axial thrust, power, and NPSH margin are also shown.

Flow - Head map

predicted head, measured from the leading edge to the trailing edge. Three speedlines have
been computed and simulated with CFD. Beginning with Case A:
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Figure 4.17: Head-Flow performance map from CFD vs. TurboSim for Case A

The head predictions with losses from TurboSim agree very well with the CFD results, even
in off-design conditions. Some discrepancies are appreciable on the upper and lower ends of
the working curve due to flow instabilities in the region. Furthermore, friction and loading
losses dominate the operational map, especially away from the BEP. TurboSim overestimates
the head at higher volumetric flow rates, suggesting that the loss mechanisms are not captured
well in this regime. Furthermore, it is also apparent that in the region around the design point

(Q/Ques = 1), the CFD head is slightly higher than is expected with TurboSim.
Similarly, looking at Figure 4.18, the losses and CFD results for Case B superimposed:
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Figure 4.18: Head-Flow performance map from CFD vs. TurboSim for Case B

First of all, the loss breakdown is apparently different from that of Case A. Loading losses are
much greater, and there seems to be no separation losses (which could be due to the different
fluid, design, or operating conditions). The slope of the H-Q curve is in good agreement except
at high flow rates. It looks like TurboSim overestimates the losses in this region. Furthermore,
at the low volumetric flow and higher rotational rate region, the discrepancies grow, indicating
that the loss mechanisms do not fully agree with the CFD results.

Blade loading is again a major source of losses. Friction losses, however, are not as predominant
in this case. This makes sense as the Reynolds number has substantially decreased as the mass
flow has increased.

Finally, it is worth noting that the CFD results my not be entirely accurate and likely do not
represent real-world performance. Many assumptions and simplifications have been taken
to allow for computationally acceptable simulations (steady state, RANS, limited domains,
moderate mesh element count, single-phase fluids, adiabatic).

Efficiency Map

Now, the efficiency of the simulation is compared against the 1D model, using an alternative
(but equally useful) definition of internal efficiency. This definition is chosen because it can
be directly obtained from TurboSim and is easier to measure directly from CFD. The analysis
begins by decomposing the mechanical work w = wpet + Wy, input to the system into useful
effect wpet and lost work w,,. The useful effect term is known:

AP VE-V(
Wnet = 7 + 1TO + gAZ (43)
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The gravitational head is assumed negligible. Furthermore, given the incompressible, low-mach

regime of centrifugal pumps and assuming adiabatic flow, the dissipated work can be obtained
from the Gibbs relations:

wW = / T . dS = Cv * AT (4.4)
Arriving at a definition for internal efficiency:

Wnet
ntt,int = (45)
Wnet + Wy

External losses are not considered as these are not captured by CFD without complex secondary

flow modeling. Now, the pump efficiency over various speed lines can be compared to the 1D
model.
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Figure 4.19: Efficiency map results from CFD vs. TurboSim for Case A

While the efficiency lines for both methods follow the same trends, appreciable discrepancies
are seen. ROM and CFD efficiency lines show a similar trend where each speedline begins
with similar efficiency, and as the mass flow increases, their efficiency quickly diverges. Lower
RPMs show a faster decline in efficiency than higher RPMs.
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Figure 4.20: Efficiency map results from CFD vs. TurboSim for Case B

For Case B, CFD and ROM efficiency lines are qualitatively similar and follow almost the same
trends. TurboSim predicts about a 20% higher efficiency compared to the CFD results.

It is hypothesized that the discrepancies in efficiency can be attributed to either the ROM loss
models not accurately capturing the loss mechanisms of the flow, and/or a physically incorrect
CFD simulation.

NPSH Map

The predicted NPSH operating map of Case A using the methodology from section 3.11 is
shown below. The dashed lines indicate the required NPSH, at each rotational speed to avoid
cavitation.
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Figure 4.21: Net Positive Suction Head margin as a function of flow rate. The region to the right of the intersection

As the mass flow rate and the rotational speed increases, the local pressure around the leading
edge of the blade decreases, in turn increasing the risk for cavitation. This is seen in Figure 4.21
as a rising NPSHR value with increasing flow rate. The NPSH,4 value steadily decreases with
increased flow rate as the kinetic component of the total pressure increases, decreasing the

static pressure P; = P + VTZ At flow rates above the intersection of the NPSH—-NPSHy curves,
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of the NPSHi and NPSH 4 lines indicates a cavitating regime.

cavitation is expected.
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Case Study: The ORCHID Pump

Organic Rankine Cycle (ORC) power systems are increasingly recognized for their ability to
convert low-grade thermal energy into electricity, with particular interest in mini-ORC units
(3-50 kWe) for heat recovery in the automotive and solar energy sectors. Efficient pumps and
expanders are crucial for these systems, yet there is a lack of experimental data to validate
design methodologies, which rely on non-validated tools [34].

To address this, TU Delft has developed the Organic Rankine Cycle Hybrid Integrated Device
(ORCHID), a versatile research facility capable of continuous operation with different working
fluids and operating conditions. The ORCHID has two interchangeable test sections: a
supersonic nozzle with optical access for gas dynamic experiments on dense organic flows
and a test bench for various mini-ORC expander configurations up to 80 kWe [34]. The facility
aims to validate numerical codes, develop semi-empirical correlations for fluid-dynamic losses,
and evaluate turbomachinery design methodologies. The initial focus is testing turbines for
applications like solar power conversion and heat recovery from long-haul trucks.

As an applied case study, the design methodology presented in the previous chapters is used
to design a centrifugal pump for the ORCHID, replacing the current reciprocating pump.

Overview of the ORCHID

Here is a summary of the key features and parameters of the ORCHID. Below is an isometric
view of the facility.

¢ Operating Conditions: The operational limits are summarized below, from [34]:
— Maximum pressure Ppax = 25 bar
— Minimum pressure P, = 0.4 bar
— Maximum temperature Tinax = 350 °C
- Maximum mass flow fitmax = 1.5 kg/s

¢ Working Fluids: The facility is primarily designed for siloxane MM but can also operate
with other fluids such as MDM, MD2M, D4, D5, D6, pentane, cyclopentane, NOVEC649,
PP2, PP80, PP90, and toluene.

¢ Test Sections: The ORCHID features two interchangeable test sections:

73
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— Supersonic/Transonic Vapor Tunnel: This section features a supersonic nozzle
with a throat area of 150 mm? and optical access for gas dynamic experiments.

— ORC Turbine Test Bed: Designed for testing mini-ORC expanders with a fully
instrumented 10 kWe machine, extendable to machines with up to 80 kWe power.

* Measurement Techniques:

- Advanced laser diagnostic techniques like Particle Image Velocimetry (PIV).
- Optical measurements like Schlieren imaging for visualizing flow characteristics.
— Conventional measurements, including temperature, pressure, and mass flow rate.

¢ Commissioning Results:

— Successfully tested with MM as the working fluid.

— Achieved steady-state operation with key parameters such as mass flow rate,
temperature, and pressure closely monitored and maintained.

— The setup and experiments are designed to provide high-quality data with uncer-
tainties typically lower than 0.6% for key process variables.
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Figure 5.1: CAD isometric view of the ORCHID, highlighting all its main components. Reprinted from [34].

The ORCHID represents a significant advancement in the study of NICFD, providing essential
data for validating and improving computational models used in various industrial applications
involving non-ideal fluid dynamics.
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Design Requirements

The first step in developing a new pump is to understand the current setup and the design
requirements. There are currently two pumps installed:

¢ Feed Pump: Wanner Hydra-Cell G35, a positive displacement diaphragm pump.

¢ Booster Pump: ROTOS SDM 3x12, a single-stage magnetically driven centrifugal pump
ensuring adequate suction head for the feed pump.

The operating conditions of each test section in the facility are the following;:

Test Section Inlet Temperature Inlet Pressure Mass Flow Rate
Supersonic Nozzle T =252°C P =1836bara 1.15kg/s
ORC Turbine T =275°C P =20.8bara 0.17 kg/s

Table 5.1: ORCHID test section properties

Since the facility has a wide pressure and mass-flow operational range, the newly designed
pump should be able to accommodate this. The booster pump is kept in place to provide
enough NPSH to prevent cavitation. The pump inlet pressure is taken as 5 bar, which is the
target exit pressure of the turbine test section.

Pump Optimization

Now that the current set-up has been laid out, the inputs for the pump design optimization
can be defined. The chosen fluid is MM (hexamethyldisiloxane), most commonly used in the
ORCHID. An impeller and diffuser are modeled. Due to time and resource constraints, the
volute and exit cone are not included. The working pressure, temperature, and mass flow are
taken from the working specifications of the ORCHID [34]. The values of the design variables
reporten in Table 5.2 are unimportant as they only serve as an initialization point for the
optimization algorithm. Note that these input variables and the resulting design serve only as
a demonstration of the ROM for preliminary design and should not be taken as final.

Parameter Symbol Unit | ORCHID Pump
Basic Settings Fluid - - MM

Equation of State EoS - REFPROP

Outlet Station - - 2

Inlet Total Pressure Py bar 5

Inlet Total temperature Tio K 350

Inlet Mass Flow i1 kg/s 0.4
Design Variables Total Pressure Rise AP; bar 15

Impeller Inlet Shape Factor k, - 0.8775

Total Number of Blades Npi - 12

Rotational Speed RPM rev/min | 20000

Table 5.2: ORCHID Pump design parameters

The mass flow has been chosen as 0.4 kg/s as an intermediate point between the operating
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conditions of the supersonic nozzle and turbine test sections. The optimizer should be able
to achieve a design that accommodates all operating conditions. Furthermore, the following
optimization design variable bounds are imposed:

Constraint Symbol Unit Bounds

Outlet Absolute Flow Angle ay [deg] [60, 90]

Work Coefficient Y [-] [0.4,1.0]

Impeller Shape Factor kn [-] [0.65, 0.95]

Diffuser Radius Ratio DRuy;st [-] [1.01, 2]

Blade Number Ny, [-] [6, 16]

Rotational Speed RPM [rev/min] [50% RPMges, 150% RPMges]

Table 5.3: Optimization variable bounds

With, the following optimization constraints:

Constraint Symbol  Unit Value
Minimum Hub Radius Ri hub, min  [m] 2e-3
Minimum Allowable Mill Tip Millp, [-] le-3
Minimum Impeller Outlet Width Hi1 min [m] le-3
Maximum Total Pressure Deviation P err max [%] 10
Maximum Axial Thrust Fax, max [N] 3000
Maximum Electric Power Pel, max [W] 7000
Maximum Shaft Torque T max [Nm] 6

Table 5.4: Optimization variable constraints

5.3.1 Results

This section reports and discusses results from the optimization study. Below is a report
detailing the progress of each generation in the optimization routine after the termination
criteria were met.

ngen neval nnds cvmin cv avg eps indicator
1 60 1 nan nan - -

2 120 1 nan nan - -

3 180 1 0.0009491293  0.4274472363 - -

4 240 1 0.000000E+00 0.2219974989 - -

5 300 1 0.000000E+00 0.0822918547  2.9187500000 ideal
6 360 2 0.000000E+00 0.0340216481  1.0000000000 ideal
7 420 3 0.000000E+00 0.0162729380  0.2206564313 f

8 480 4 0.000000E+00 0.0043472473  0.5000000000 ideal
9 540 2 0.000000E+00 6.951353E-06  1.4298578366 nadir
10 600 2 0.000000E+00 0.000000E+00 0.0575037660 nadir
50 3000 17 0.000000E+00  0.000000E+00  0.0474710302 ideal

Table 5.5: Optimization Evaluation Metrics
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Total Runtime: 4h 37min 54s (Intel i7 13th gen, 16 cores)

With each column:

¢ n_gen: Number of generations.

e n_eval: Number of

cumulative function evaluations.

¢ n_nds: Number of non-dominated solutions (Number of solutions on the Pareto front)

¢ cv_min: Minimum constraint violation among all the solutions in the current population.

* cv_avg: Average constraint violation of the solutions in the current population.

¢ eps: Epsilon indicator. This is a measure of the convergence of the optimization process.
A lower value indicates that the solutions are closer to the objective space.

¢ indicator: General indicator representing the type of solution. [12]

Objective Functions

As the optimization progresses, the value of objective functions is minimized (1 - 77, 1 - OR).
This results in the maximization of the total to total efficiency and operating range, shown
below. Each dot represents a function evaluation (pump design point).
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Figure 5.2: Optimization objective space. Grey dots represent designs that did not satisfy the constraints.
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As the optimization algorithm generation increases, the design points trend towards the upper
right of the objective space plot, indicating that the optimizer is successfully maximizing the

objective variables. Zooming in to the top right of Figure 5.2, the Pareto front is clearer:
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Figure 5.3: Pareto front on the objective space.

The non-determinate solutions reported by the optimizer are on the Pareto front. Depending
on the application, choosing a design with a lower total to total average efficiency but a larger
operating range may be more interesting. The user can select a point of interest and run the
ROM in analysis mode to obtain detailed design parameters. Here, a design prioritizing a
larger operational range over total efficiency was prioritized since ORCHID experiments may
require a wide array of working conditions.

Furthermore, the objective values can be visualized over time, showing that the genetic
algorithm learns to control the design variables as each generation progresses to increase the
mean objective variables.
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Figure 5.4: Evolution of objective function values

It is clear that both objective variable mean lines trend upward across generations, with the
total-to-total efficiency approaching a value of 80% and the operational range exceeding a value
of 3.

Design Variables

In Figure 5.5 below, the evolution of the design variables controlled by the optimization
algorithm are shown across generations.

: 1.00
.;l.l}lu““. H
LA LA e \aaasasa.l - hd
801 1! it
Lo Jors| L
it 0.507 v
6011 L LTI |
2.0
0.91 _:;::::-nul;i 144411 L
$0.81 L1s5 .
ssadiitipguaceece @
071 Jypees 1.0 L LTI L
15 ] 30000 :
T H B8Rl iEiaaannnnacnentt 7
5 s ] m....‘.:r,‘.’?r!ﬁl.n...uigggsz:gg“....
= & 20000
lose ‘ ssbosesessiTTIVY , | 100001, | | | | |
0 10 20 30 40 50 0 10 20 30 40 50
Generation Generation

Figure 5.5: Evolution of design variables

Each variable departs from its initial value as the genetic algorithm explores the design space
in search of the maximum objective values. In the very first generation, it begins to explore
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the limits of the design variables to understand their relationship and their influence on the
objective functions and constraints. As the generations increase, the optimizer finds optimal
values for each variable and slowly converges to them until the termination criteria are met.

Note that in this example, the number of blades has been set to 6, which is its minimum value.
This probably does not affect the final head, as it can be compensated with a higher rpm, but
it does decrease losses. Also, the diffuser length ratio converged to zero, which means the
optimizer removed the diffuser. To simplify the following analysis, the diffuser is removed.

Constraints

A very important feature to observe from the optimization constraints is the constraint violation,
represented as a value > 0. As the constraint value approaches zero, it becomes closer to its
limiting value.
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Figure 5.6: Optimization constraints over generations.

As seen above and in the metric evaluation table (Table 5.5), every constraint is satisfied. As
the generations increase, the constraints change their value non-linearly. This results from the
changes in design variables and their effects.

Final Design

The final design for the ORCHID main pump is presented in this section. After setting the
requirements and running the optimization, the selected design parameters are input to the
ROM in analysis mode to assess its performance. Furthermore, a CFD simulation is performed
to compare and validate the results.

The design selected from the Pareto front has the following design variables:
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Constraint Symbol Unit Value
Outlet Absolute Flow Angle a; [deg] 84.62
Work Coefficient Y [-] 0.65
Impeller Shape Factor kn [-] 0.92
Diffuser Radius Ratio DRyig [-] 1.01
Main blade Number Ny [-] 3
Splitter blade Number Nipiit [-] 3
Rotational Speed RPM [rev/min] 21752

Table 5.6: Optimized pump design variables

As the diffuser length is practically at its minimum value, it is omitted from the CFD simulations
due to its added computational cost. This is because the objective function sought to obtain
a target total pressure P;. Since the diffuser does not add any work to the flow, it does not
increase the total pressure (it actually decreases it due to friction losses). Another optimization
with a static pressure target may have a different result.

Design Analysis

Using the CFD setup methodology from chapter 3, a mesh with 300k elements is used for a
single passage. Below, the operational maps generated by TurboSim are superimposed onto
the CFD results in Figure 5.7, and Figure 5.8. Only the relevant portion of the operating map
(0.15-1.5 kg/s) was simulated.
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Figure 5.7: Head-Flow Curve for the ORCHID impeller. =~ Figure 5.8: Total-Total efficiency for the ORCHID
impeller.

The predicted head of Figure 5.7 agrees well with the CFD simulations, except at very low
flow conditions, where the head is underestimated by the ROM. The predicted efficiency of
Figure 5.8 shows a good agreement in the trends but overestimates the actual total-total internal
efficiency. The cause for these discrepancies is not clear, as the source could stem from the loss
modeling or the CFD setup.
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Figure 5.9: Power map for the ORCHID impeller. ~ Figure 5.10: Shaft Torque map for the ORCHID impeller.

Both the power and torque curves seem to have a peculiar shape. However, they are a result
of both the non-linear internal and external losses included in the model. As the flow rate
deviates from the design condition, losses increase, and thus, the required power and torque
increase.
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Figure 5.11: Axial force map for the ORCHID impeller. Figure 5.12: NPSH margin of the ORCHID impeller.

Finally, looking at the axial force plot, as the flow rate increases the axial force shifts from
negative to positive (shaft in compression to tension, respectively). The axial force results from
the pressure difference across the impeller face through clearance gaps, see Figure 3.12. At low
flow rates, the head is high, and not much fluid leaks to the impeller’s back face, leading to
high compressive forces on the shaft. As the flow rate increases, the head drops, and more
fluid leaks through the clearance gap, leading to tension in the shaft assembly. Looking at
Figure 5.12, the pump has been designed to avoid cavitation throughout the whole operating
range as seen from the NPSH, and NPSH, curves not crossing each other.

Power Consumption Comparison

A power consumption comparison between the currently installed reciprocating pump and the
designed centrifugal pump is shown. According to the manufacturer, the Wanner Hydra-Cell
G35 pump power curve is given by the following formula [37]:

P = 100 - rpm N 1/min - bar
el = 74408 511

[KW] (5.1)
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Where the rpm is a function of the flow rate I/min (provided in the datasheet). In Figure 5.13
below, the power curves of both pumps can be compared.
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Figure 5.13: Expected power curves of the current G35-E pump and the proposed impeller.

The centrifugal pump decreases power consumption by 2kW (from 3.5kW to 1.5kW) at the
design flow rate and maximum head compared to the G35 pump currently installed—a 60%
reduction in power. Even with some uncertainty in the total efficiency provided by the ROM,
it seems like adopting a centrifugal pump as a replacement for the reciprocating diaphragm
pump would improve the power consumption of the ORCHID facility.

Summary

This section has defined an optimization problem using the ROM from this work to design an
efficient and robust centrifugal pump impeller capable of replacing the current reciprocating
diaphragm pump of the ORCHID facility.

The results show that it is possible to design an impeller with the operational requirements
and constraints of the ORCHID, and doing so could result in a power reduction of around 60%
at the best efficiency point.

Below is a CAD view of the final generated geometry (Generated with BladeGen from the
ROM outputs).
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Figure 5.14: Top view of the ORCHID pump impeller ~ Figure 5.15: Isometric view of the ORCHID pump
(shroud removed). impeller.

Regarding the computational expense: This ORCHID impeller took less than 2 minutes to
generate results for five speedlines. The batch of 15 CFD simulations to validate these results
took about 2.5 hours of computation on a node from the DelftBlue HPC plus at least 30
minutes of set-up and meshing.

Finally, Appendix B contains the complete performance report generated by Turbosim Ap-
pendix B.



Conclusion

This work has reported the development and verification via CFD of a reduced-order model
framework capable of designing and optimizing non-cavitating centrifugal pumps. This
framework is highly valuable during component and system-wide preliminary design efforts.
The user controls the design parameters and is also given automatic variable calculations.
The design variables can be optimized for specific operating constraints through a genetic
algorithm.

It is also found through a case study for the replacement of the current reciprocating diaphragm
pump of the TU Delft ORCHID research facility with a centrifugal turbopump, the power
consumption can be decreased by around 60%.

The developed program includes the following features:

¢ Pump modeling: Operational performance maps of various noncavitating pump compo-
nents can be quickly analyzed: Impeller, Vaneless Diffuser, Volute, and Exit cone.

¢ Fluid Independence: Any fluid available through CoolProp or REFPROP is valid, allowing
for the study of unconventional working fluids.

¢ Design Optimization: The analysis module is integrated into a genetic algorithm capable
of generating efficient and robust pump designs for a given set of constraints.

e Verification: This work builds on the work of Giuffre” [29], which has been verified
for centrifugal compressors. Furthermore, the implemented slip and loss models are
validated in the literature. Finally, the complete implementation of this work has been
verified with reasonable results (slightly underestimating head and efficiency) through a
CFD study of two impellers.

6.1 Research Conclusion

The two main research objectives have been fulfilled:

85
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Research objectives

¢ To develop a preliminary design and optimization framework for non-cavitating
turbopumps.

¢ To develop a centrifugal pump design to replace the TU Delft ORCHID main
pump.

Furthermore, the proposed research questions have been answered:

Research questions

¢ Towhatdegree can areduced-order turbopump design model assess performance
compared to CFD?

— This study has shown that reduced-order models can very much accelerate
the design cycle of centrifugal pumps in the preliminary design phase by
achieving high levels of fidelity (difference of less than 10% from RANS CFD)
at a fraction of the computational cost (3h vs. 2 min).

* What is the size and the efficiency of the ORCHID centrifugal pump?

— A proof of concept pump impeller was designed using a genetic algorithm to
replace the current reciprocating feed pump at the ORCHID facility. Multiple
suitable designs emerged from a Pareto front in the efficiency-operating range
design space. One of such designs with an 84% total-to-total efficiency and
an operating range of 2.9 was analyzed and showed satisfactory performance
while reducing power consumption by 60% at the BEP compared to the
current pump.

6.2 Limitations

The assumption of no inlet prerotation may be misleading. As the flow entering the
impeller eye is subsonic, the whirl imparted onto the flow due to the blade leading edge
advects upstream. This has two effects:

— Decreased efficiency: work is being done to the flow upstream.

— Reduced flow incidence: As the incoming flow has a non-zero tangential velocity, the
effective incidence on the blades is limited. Incidence losses are slightly decreased.

The Effect of blade wrap angle is not captured, which has been seen to heavily influence
the stability of the impeller and change the degree of blade loading, influencing losses.

The CFD simulations use no-slip wall boundary conditions, meaning that the flow
velocity is zero at the wall. While this is generally accurate, surface roughness has a
strong effect on the development of boundary layers and could alter the loss mechanisms.

This work has only verified the impeller model due to time and resource constraints.
The other component models have been verified for centrifugal compressors, and it is
expected that they do not need further changes. However, this should be verified.
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6.3 Recommendations

o Further Verification: While the verification efforts of this work are reasonable, more can
be done.

- Internal Losses: More insight into the various loss mechanisms is required, as
various validated loss models yield slightly different results. Loss model sets could
be built for different centrifugal classes.

— Clearance Losses: The clearance loss model was not verified, given the expensive
simulations required. This should be done as unshrouded impellers are very
common in small-scale applications.

— External Losses: These have not been verified, as expensive simulations, including
secondary flow paths and mechanical friction losses, are required.

¢ Cavitating regimes: This work has focused on non-cavitating regimes of pump operation.
In practice, some cavitation may be allowable, but the modeling is computationally expen-
sive. Research into how to model this efficiently and assess the impact on performance
could be very valuable.

¢ Multistage Pumps: Multistage pumps are widely used in many industrial and aerospace
applications. Axial inducers are also frequently used to raise the pressure ahead of a
centrifugal pump. These would be very valuable additions to the ROM.

¢ Additional design variables: It was apparent that the impeller blade wrap angle played a
big role in the convergence behavior of the CFD simulations. It is hypothesized that this
also has a large impact on various loss mechanisms. The effect of other parameters such
as the impeller height, meridional contour, surface roughness (perhaps as a function of
material and manufacturing process), edge rounding, and splitter blade location could
be very interesting.

¢ Data-Driven Models: if large datasets of high-fidelity data are generated, data-driven
models could be trained on them to quickly produce novel designs or predict the
performance of existing configurations.
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Friction Factor Estimation

Skin friction losses comprise a large share of the total losses in centrifugal pumps. This kind
of loss is very sensitive to the friction factor C¢. Finding a good estimate during pre-design
is non-trivial, especially for low-specific-speed impellers with large blade curvatures or for
unconventional working fluids, which might exhibit changes in viscosity and density.

In a study by Ameli et al. [3], various friction factor correlations were compared against a
URANS CFD study for a centrifugal compressor working near the fluid’s critical point. It
concluded that the weighted average model by Aungier was most accurate in estimating the
friction factor C [7], [40].

Beginning with a simple pipe flow model developed by Jansen [40], the friction factor can be
very simply expressed as:

Cr =0.0412- Re™ 1% (A.1)
65-W-d
Re = % (A2)

However, it has been shown that this simple model may not apply well to impellers, as the
flow path—and thus the development of the boundary layer—is very different from that of a
pipe. Another approach for flows of Re > 2000 was proposed by Schlichting [65], based on the
Colebrook-White correlation [1]:

1 [ e ]
T Cfr =-2 log »mi (A3)
1 [ 251
=-2log | ———— A4
4'Cfs 8 7Re\/4-Cfs_ (A4)

Where e is the peak-to-valley surface roughness ratio based on the material and surface finish.
Skin friction factors for fully smooth Cy, and fully rough Cy, surfaces are shown by Equation A.4
and Equation A.3 respectively. Note that Equation A.4 must be solved iteratively. An initial
guess value of Cy, = 0.006 is used, as proposed by Jansen [40].
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Since the operating conditions of centrifugal pumps can be very broad, the friction factor
should account for both laminar and turbulent flows within the impeller. The weighted-average
model proposed by Aungier [7] accounts for this:

(A.5)

CfZersﬁ-(Cf,—Cfs)-(l— 60 ¢ )

(Re —2000) Diya

The hydraulic diameter Dpyq can be assumed as the passage width for a simple annular
passage. However, to provide a more accurate representation (and the Reynolds number with
Equation A.2), the equation proposed by Jansen [40] is used in this work:

05. (d0,5+d0,;,) ) (cosﬁolsﬁz—cosﬁo,h)

cos f1 d
Dhyd =dq - + (A6)
M + dq-cos B1 & + d(]/s +d0,h [ cos Bo,s+cos Bo,n
T H; 7 do,s—do,n 2

Lastly, a different friction factor is used for the vaneless diffuser. From the model developed by
Stanitz [68], a two-dimensional system of equations (Equation 3.116) is solved to model the
flow within the vaneless diffuser. The average value of the friction factor is estimated using the
empirical correlation for diffusers by Japikse [26]:

1. 1 54\ 0.2
8 x 0) (A7)

Cf:"'(R—e

With k = 0.010 as the value best matching with experimental data.
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