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Summary

Semi-closed cycles have been successfully employed in different engineering areas, such as in ma-
rine and power generation. The primary characteristic of a semi-closed cycle arrangement is that
a considerable portion of the total mass flow required for a certain power output is recirculated
within the engine itself. As a consequence, the amount of inlet fresh air supplied has only to be
sufficient to sustain the combustion process. The resultant gas turbines have shown competitive
performance with a higher level of compactness with respect to conventional aero-derived open
cycle solutions.

In the aerospace world, many authors have discussed the advantages of using heat exchangers
to considerably improve the thermal efficiency of turboshaft and turboprop engines. In partic-
ular, for applications where the turbomachinery efficiency is dramatically limited by size and
Reynolds effects. A considerable limitation of this approach is related to the increased engine
weight due to the addition of intercoolers and/or recuperators. Therefore, resultant engines
are always product of compromising solutions between size/weight and thermodynamic perfor-
mance, leveling-off the heat exchangers introduction advantages.

Few publications have pointed out that the employment of semi-closed cycle architectures could
be beneficial for aerospace applications that necessitate their usage for reaching good perfor-
mance and contained weights, such as for the unmanned aerial vehicle (UAV) case. However,
the only detailed semi-closed cycle assessment available in literature goes back to the 1995 under
the NASA ERAST (Environmental Research Aircraft and Sensor Technology) program. The
NASA study, focused on the technological development of high altitude long endurance UAVs for
scientific purposes, showed the advantages introduced by a particular intercooled-recuperated
semi-closed cycle arrangement, named Coleman engine, with respect to other conventional so-
lutions, such as: spark ignition, diesel, rotary, fuel cells and shaft engines.

This Master thesis revisits the design case and some of the observations introduced within
the ERAST program and presents a detailed performance comparison focused on gas turbine
engines for high altitude UAV applications. In particular, the performance of two different semi-
closed cycle configurations have been compared with the state-of-the-art open cycle equivalent,
represented by the simple recuperated and the intercooled-recuperated engines, for different
technological levels. The first semi-closed cycle arrangement has been taken from the NASA
ERAST program, while, the second has been derived from further research studies conducted
by the University of Florida for marine applications, which have also brought to the realization
of a preliminary engine prototype in the early 2000s, under the so called HPRTE (High Pressure
Regenerative Turbine Engine) program.

The thermodynamic cycle model of the four engines considered has been created with the support
of the program NPSS (Numerical Propulsion System Simulation), an object oriented environ-
ment built in C++language, suitable for the cycle design and off-design steady state analysis of
conventional and unconventional gas turbine configurations. This program has been coupled
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with a detailed component performance and weight model, with the objective of assessing feasi-
bility, design/off-design performance behavior and size/weight characteristics of primary engine
components (compressors, turbines, combustor, heat exchangers, etc.) as function of given ther-
modynamic cycle parameters. Moreover, the developed tool has been coupled with an optimizer,
which has direct control of the engine thermodynamics.

For each engine model, a multi-objective optimization has been carried out with minimum spe-
cific fuel consumption (SFC) and weight as target. The first objective has been defined from
the evaluation of the engine design and part-power performance, while the second, as the sum
of the individual component weights, estimated by means of the developed weight model. The
Matlab evolutionary algorithm, called gamultiobj, has been employed for the optimization. Fur-
thermore, the ERAST case study has been taken as reference to define the flight conditions and
to set the engine design and off-design power output requirements for the analysis. In addition,
the optimization has been performed assuming a single shaft architecture and equivalent turbo-
machinery features for all the engine models.

The final optimized Pareto solutions have been used to compare attainable performance and
weights of the semi-closed cycle and the open cycle arrangements. Results have proven that a
significant degree of compactness can be achieved by means of the semi-closed cycle configura-
tions, leading to an overall engine weight more than two times lower than for a conventional
intercooled-recuperated gas turbine. Further benefits have been observed in terms of design and
part-power performance, where, for the same engine power output demand, semi-closed cycles
have shown a slight reduction in SFC with respect to the equivalent open cycles analyzed.
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CHAPTER1

Introduction

1.1 Project Overview

Recent years have seen a considerable development of unmanned aerial vehicles (UAVs) for
multiple civilian and military applications. Current UAVs are limited in altitude and endurance
by their propulsion systems. Small and micro gas turbines represent an interesting solution
capable of expanding the operational range of these aircraft. Consequently, a lot of research has
been focused on the development of more efficient gas turbines to better respond to different
mission requirements.

Considerable improvements have been achieved so far through the detailed aerodynamic
design and optimization of the turbomachinery engine section. As discussed by McDonald [1, 2],
a further thermal efficiency increase cannot be expected from the refinement of compressors and
turbines, whose efficiency rise has started to plateau. The introduction of heat exchangers into
the engine architecture represents an applicable solution to considerably improve the overall
engine thermal efficiency [3]. In addition, McDonald underlines how the employment of high-
cost ceramic materials for all the engine hot components would produce a more significant
amelioration [1]. However, the adoption of heat exchangers dramatically affects the overall engine
weight and costs; in particular for highly efficient solutions where an advanced technological level
is necessary. To overcome these disadvantages, a lot of research has been conducted on heat
exchangers arrangements, shapes and materials that allow to build more compact and cheaper
solutions [4–7]. Another aspect to be considered is the augmented engine surface area due to the
presence of intercoolers and/or recuperators, which causes an increase of surface drag produced
by the engine. It is therefore of interest to minimize not only the weight but also the surface
area of the heat exchanger without too many losses in performance. Nonetheless, open cycle
architectures with intercooler and/or recuperator represent the current state-of-the-art for micro
and small gas turbines even if a lot of research is still ongoing [3].

Semi-closed cycles represent a relatively old concept that has been initially investigated
for marine applications as an interesting alternative to conventional aero-derived intercooled-
recuperated open cycle gas turbines [8, 9]. The main characteristic of these cycles is that part of
the inlet mass flow is recirculated within the engine and only a portion of the whole mass flow
is actually ejected. A typical semi-closed cycle features both intercooler and recuperator but,
because of the recirculation nature, a higher degree of compactness has been observed for the
same output power with respect to an equivalent open cycle [8]. More recent research has been
done on semi-closed cycles with the attempt of establishing advantages and feasibility limits
of the concept. Main advantages of semi-closed cycles with respect to intercooled-recuperated
open cycles gas turbines (ICR) have been efficiently presented in [10] and can be summarized
as follows:

(a) Lower inlet mass flow required for the same power output which leads to a specific power
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(SP) output far grater than a conventional ICR gas turbine.

(b) Significantly improved overall engine compactness. As a result, it has been predicted that
the engine size and weight would be reduced to almost half of the ICR equivalent.

(c) Almost flat part power specific fuel consumption (SFC) characteristic, extended to power
level far below common operational limits.

(d) Considerable reduction of NOx and CO2 emissions.

(e) Reduction of inlet and exhaust ducting system weight due to lower inlet and exhaust mass
flow requirements with respect to the equivalent open cycle.

Although these points will be treated extensively in section 2.2.2, it is important to mention
them here and keep them in mind from this point of the discussion onwards. These advantages
have been supported by noticeable research work performed by the University of Florida that
led to the construction of a small semi-closed cycle prototype named HPRTE (High Pressure
Regenerative Turbine Engine) to demonstrate the feasibility of the concept [11]. Although
development difficulties have been encountered, some of the discussed advantages have been
experimentally proven, in particular items (a) and (b) of the previous list. Item (c) has been
partially proven due to a non-optimal engine control system. Most of the current work on
semi-closed cycles available in open literature has been focused on marine and power generation
applications, where semi-closed cycles have shown to be of a significant advantage [12, 13].

Considering the semi-closed cycle main characteristics presented so far, it becomes natural
to ask whether this solution could be applicable to small UAVs gas turbines. A partial attempt
to answer this question goes back to 1995, during the NASA ERAST (Environmental Research
Aircraft and Sensor Technology) program. Here, a particular semi-closed cycle concept has
been investigated for high altitude UAV propulsion. This program is extremely relevant to this
Master thesis work, as it will become clearer later on. For this reason, the following section has
been dedicated to a quick but comprehensive summary of the ERAST work and main findings.
A complete documentation is available in reference [14].

1.1.1 ERAST program

The ERAST program was focused on the development of technology necessary to advanced un-
manned aerial vehicles to meet the altitude and endurance required by the scientific community.
The scientific mission of those UAVs was to analyze the presence of pollutants and atmospheric
concentration of chemical species such as O3, NOx, CFCs, etc., in the stratosphere. During
the program, an investigation involving different propulsion systems and technology levels has
been carried out for a design altitude of 90000 ft (27432 m), a flight Mach number of 0.4 and a
power output of 300 hp („223.71 kW). Using these requirements, several engine types have been
compared, including: diesel and spark ignition turbo-compounded and non-turbo-compounded,
rotary, fuel cells, recuperated and non-recuperated turboshaft engines.

For each engine concept, individual component performance and weights have been assessed
through scaling techniques or from previous studies, with the exception of the heat exchangers
that have been preliminary designed with specific computer programs. The behavior of the
baseline engines has been assessed in off-design, modeling part power, take-off and engine climb
to cruise design altitude.

The obtained designs have been integrated with a baseline aircraft generated on external
contract and reported in Figure 1.1. Engines and aircraft have been scaled to meet the mission
requirements underlined in Figure 1.2.
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Figure 1.1: ERAST baseline aircraft [14]; all dimensions are expressed in feet

The aircraft mission has been identified by the following phases: engine start and warm up,
take-off and climb at maximum rate of climb until design cruise has been reached, four hour
cruise conducted at design flight speed and descent. The different mission phases have been
identified by means of specific power requirements. The engine and aircraft size is changed
iteratively to match the available fuel with the engine consumption throughout all the mission
phases. No power requirement has been set for the descending phase, where the aircraft is
assumed to glide back to the base.

Figure 1.2: ERAST mission profile outline [14]

During the ERAST program, it has been identified that an intercooled-recuperated semi-
closed cycle architecture, named the Coleman engine, represents the most promising near term
solution for the high altitude long endurance UAV object of this study. The near term solution
has been indicated as the one that requires little development before demonstration [14]. The
following paragraph gives more technical details about the engine itself. The data below pre-
sented have been extracted from reference [14] and summarized to provide a general overview
of the Coleman engine. Some of the presented arguments will become relevant in later parts of
this work.
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1.1.2 The Coleman engine

A schematic of the Coleman engine is reported in Figure 1.3. The image also provides numerical
values of component design specifications and flow proprieties for each engine station at design
point. In particular, total pressure, total temperature and corrected mass flow data are available.
Note that the numerical value has been expressed in imperial units as reported in the reference.
A comprehensive summary of the principal engine design features is reported in Table 1.1. The
ERAST design featured two centrifugal compressors (LP comp and HP comp in the figure)
connected by means of a single shaft to two axial turbines stages (HP turb and HP turb in the
figure). Due to the recirculation, a much smaller inlet mass flow is required for a given power
output. However, the high pressure compressor (HPC) and high pressure turbine (HPT) must
be sized to handle the total mass flow within the engine. An intercooler and recuperator have
been added to increase the thermal efficiency of the resultant cycle [14].

Figure 1.3: ERAST Coleman engine schematic: 90000 ft, 0.4 flight
Mach number and 300 hp design point [14]

Component design characteristics have been chosen after a parametric study. In particular,
the effect of changing the HPC and LPC pressure ratios have been addressed. Centrifugal
compressors have been chosen due to the high design pressure ratios and for engine compactness
[14]. The efficiency of the turbomachineries has been obtained by scaling from reference data
corrected for Reynolds number effects. Effectiveness of intercooler and recuperator has been
selected as 0.70 and 0.80 respectively, after performance and weight studies. The burner outlet
temperature has been set to 2500˝F („1644.3K) and the feedback flow ratio (FFR), defined as
the ratio of the feedback flow to the engine inlet flow, has been set to keep the combustion at
90% stoichiometric value. The rotational speed has been assumed as 20000 RPM and a parasitic
shaft power loss of 55 hp („41 kW) has been assumed to account for mechanical and heat losses.
At design the work split between the turbines has been defined in order to allow a 5% pressure
loss in the recirculation tubes. While more details are available in reference [14], the reasoning
behind some of the design choices is not fully documented. Table 1.1 summarizes the ERAST
Coleman engine design considerations in a more visual manner. Key thermodynamic parameters
of the cycle are provided as explicitly mentioned in [14] or as extracted from the information
provided.
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Table 1.1: ERAST Coleman engine main design features summary

ΠLPC 6.0000

ΠHPC 6.0125

FFR 1.81

TIT 1644.3K

εIC 0.70

∆PIC,h 0.02

ηB -∗

∆PB 0.002

εRC 0.80

∆PRC,h 0.02

∆PRC,c 0.02

ΠNoz 1.0638

As mentioned, among the engine solutions assessed during the ERAST program, non-
recuperated and recuperated turboshaft architectures have also been investigated and designed
for the same mission. The baseline engine size has been obtained though linear scaling of an
existing reference and features multiple-stages axial compressor and turbine. A power turbine
is used as mechanical link with the propeller. A schematic of the recuperated engine is reported
below for reference, similarly to what done for the Coleman engine. For more details on the
ERAST turboprop models, the reader is referenced to [14].

Figure 1.4: ERAST recuperated turboprop engine schematic: 90000 ft, 0.4 flight
Mach number and 300 hp design point [14]

Although the engine-component philosophy is considerably different between the Coleman
engine and the open cycles, some of the advantages of the semi-closed cycle discussed in the

∗The burner efficiency has not been explicitly mentioned in the report for the Coleman engine. A value of
0.983 has been explicitly provided for the ERAST turboprop model, which could be reasonably assumed for this
case as well.
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previous list can be detected in the ERAST work. For the same flight and power output
conditions, a significant difference in terms of overall engine weight and size is noticeable. In
fact, the overall semi-closed cycle engine weight is more than half of the lightest non-recuperated
turboshaft. No appreciable conclusions can be derived from the paper regarding SFC.

Most of the weight difference between open and semi-closed cycle is attributable to the
reduced amount of mass flow elaborated by the engine. From a quick comparison between
Figure 1.3 and 1.4, it can be noted that the engine inlet corrected mass flow of the recuperated
turboshaft is more than two times of what needed by the Coleman engine. This leads to a
considerable reduction of turbomachinery and combustor weights, considering that the materials
employed in the different engine sections are the same.

To conclude this section, the general arrangement of the ERAST semi-closed cycle is reported
in Figure 1.5, showing the baseline engine overall dimensions and component installation.

Figure 1.5: ERAST Coleman engine general arrangement [14]

A significantly large intercooler has been used to improve the heat transfer capacity at such
high altitude. Parasitic engine drag has not been considered in [14], however, it is noted that
this aspect might constitute a serious limitation of the Coleman engine and further study will
have to be performed.

1.1.3 ERAST final considerations

As discussed, the ERAST program report represents the only detailed study available in the
open literature on semi-closed cycles applied to UAVs. The ERAST program concluded that
the Coleman engine represents a promising solution that can be developed in a relatively short
time. There are, however, several aspects of this study that need to be deeper understood and
analyzed. Those considerations can be summarized as follows:

(1) Considering that the main focus of the program was a comparison between different engine
types for high altitude UAVs, more focus on gas turbine engine alternatives would be
necessary. For instance, the recuperated open cycle turboshaft and the Coleman engine
design features are too dissimilar for a good comparison. In addition, as reported in [3],
the current state-of-the-art open cycle is represented by an ICR architecture. This cycle is
not investigated in the ERAST analysis, although it represents a more competitive open
cycle alternative to the Coleman engine.

(2) Previous research in different engineering environments has shown the five previously listed
advantages of semi-closed cycles with respect to open cycles gas turbines. Not enough
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elements are available in the report [14] to sufficiently address the question whether these
advantages can be extended to UAV and aviation propulsion.

(3) The cycle proposed by ERAST results from a thermodynamic optimal approach. Choices
of compressor pressure ratios, engine rotational speed, intercooler and recuperator ef-
fectiveness, etc., have been made from an initial parametric study and from scaling ap-
proach. Considering the particular engine operating environment, a more detailed analysis
is needed to assess the influence of thermodynamic parameters on the engine feasibility.
Furthermore, material properties have strong impact on the engine maximal performance,
by setting important limitations on functional parameters such as TIT, RIT and engine
RPMs. These are not well documented in [14].

(4) Some of the design choices are not fully discussed and it becomes difficult to assess the
engine performance. As an example, no clear justification is presented on the selection of
the feedback flow ratio (FFR). The impact of the FFR is significant in terms of engine
dimensions and performance, and this aspect should be investigated further.

(5) Off-design simplifications have been made. Heat exchangers and combustor constitutional
parameters have been kept constant in the off-design analysis. This aspect has been also
addressed by the ERAST report [14] as a point of future improvements.

The considerations listed here have been used as starting point to identify key objectives
for this project, tailoring the literature review in a manner that can best support the work
development. The subsequent paragraphs will retake the points listed here and link them to the
objective and the flow diagram of this Master thesis.

1.2 Objectives and Goals

As previously explained, the ERAST program has opened an interesting point on potential ben-
efits of the employment of semi-closed cycles for high altitude UAVs propulsion. However, since
most of the recent work has been focused on marine and ground applications, general conclusion
on the semi-closed cycle concept for aviation purposes cannot be derived. In conclusion, a fully
detailed analysis, considering altitude effects, engine weight and component design issues, that
documents design and off-design performance of a semi-closed cycle is missing.

This MSc thesis presents an initial study towards a much deeper understanding of the po-
tential of the semi-closed cycle for aviation. In particular, the work done has been split into two
main phases, each one with a particular and predefined objective:

• The first leads to the building of the necessary model for further analysis of semi-closed
cycles for aviation purposes.

• The second sees the employment of the created tool to perform a preliminary comparison
between promising semi-closed cycle small gas turbines and current state-of-the-art open
cycles for high altitude UAV applications.

Initially, the ERAST design case has been used as reference for this analysis, setting altitude,
flight Mach number and power requirements. Future work will address the effect of varying
operating conditions on the cycle performance and engine size. Detailed discussion on the
previously mentioned objectives is provided in the following sections. Finally, the objectives
introduced below will be translated into the research questions at the base of this work.
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1.2.1 Model objectives

A cycle preliminary study starts from the definition of thermodynamic parameters that allow
to find a steady state equilibrium point that satisfies the design requirement. For this project
the design requirements will be expressed in terms of altitude, flight Mach number and engine
power output, since only the gas turbine section is part of the study. Optimization techniques
are required to refine the design choices in order to minimize certain objectives. Minimum SFC
and engine weight are considered in this analysis, refer to chapter 5 for more information.

However, it is important to evaluate the impact of thermodynamic choices on the compo-
nent level. Size effects and manufacturing constraints become significant for small gas turbines
typical of UAV propulsion, considerably limiting the maximum performance achievable within
a component [15, 16]. Turbomachinery efficiencies are strongly affected by secondary effects
associated to complex boundary layer - surface interactions. Clearances and surface roughness
become critical aspects in achieving good performance of compressors and turbines. The turbine
inlet temperature (TIT) has to be limited to lower values than acceptable for large gas turbines,
because the reduced size makes difficult or unpractical to efficiently apply cooling techniques.
Furthermore, the presence of the recuperator introduces an additional constraint on the recuper-
ator inlet temperature (RIT), which limits further the TIT. Materials and costs are also affected
by RIT admissible values. Higher RPMs are necessary in small machines for the same power
output. Hence, high stress levels can be expected, setting a consequent limitation on the design
rotational speed.

From a simple thermodynamic analysis all these aspects do not emerge. Therefore, a model
is needed which has the capability of including these considerations when selecting fundamental
cycle variables. This aspect becomes particularly interesting when an investigation on novel
cycles is of interest. Moreover, the thermodynamic optimum might not coincide with a feasible
optimum. Therefore, as result of what discussed, a detailed engine model has been created with
the following objectives:

(1) Perform the thermodynamic analysis of the selected engine cycle. The tool has to be
capable of working with both semi-closed or open cycle architectures. Design and off-
design analysis will be considered in the analysis. No transient model is available for this
preliminary work. Flexibility in the selection of cycle parameters and operating conditions
is needed to assess the cycle response.

(2) Identify component performance variation as function of thermodynamic inputs. Struc-
tural and manufacturing issues also have to be considered. This is important not only
to properly estimate the impact of particular thermodynamic parameters on component
efficiency and performance characteristics, but also to correctly assess the component fea-
sibility.

(3) Identify the effect of thermodynamic choices on engine overall size and weight. This can
be assessed through the development of a component based engine weight model, which
takes into account the variation of components dimensions as function of thermodynamic
values.

The result is a comprehensive model capable of simulating semi-closed cycles as well as
conventional open cycles. Component performance behaviors are captured and employed for a
realistic design and off-design analysis. Also, component geometrical features can be quickly
calculated and employed for an engine weight estimation. Finally, the model created is suitable
for an engine optimization, ensuring component feasibility and realistic performance throughout
the calculations.
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1.2.2 Cycle analysis objectives

The second phase of this project has been performed once the model objectives have been
completed. A comparison between different cycle architectures is the scope of this part, with
the objective of establishing which propulsion system is more promising for high altitude UAVs.
In particular, the semi-closed cycle used in the Coleman engine has been tested against two
state-of-the-art open cycles: a simple recuperated turboshaft and an intercooled - recuperated
turboshaft. The semi-closed cycle proposed in the HPRTE program [11] has also been tested.
The assessment has been carried out at equal engine conditions. Hence, altitude, flight Mach
number, engine power output, and engine component arrangement have been kept the same for
each cycle type. Moreover, each engine model has been optimized using a multi-objective generic
algorithm for minimum SFC and weight. This guarantees to have information on the optimal
Pareto front for each engine model; thus, assessing the optimal thermodynamic combination for
each gas turbine cycles. Component feasibility and performance variation is ensured by means
of the tool output of phase one. The optimized Pareto fronts are further compared between
each engine type to assess whether results reported for marine gas turbines are still applicable
despite altitude effects. As mentioned, the comparison will be performed for the same operating
condition of the ERAST program. Further analysis has to be performed on the impact of
altitude and power output change on engine behavior. Changes in technological level should
also be addressed in later stages.

1.2.3 Research questions

This section defines the research questions associated to this project, which are derived and
justified from the previously set objectives. The main research questions can be expressed as
follows: “How can a semi-closed cycle be properly modeled to assess the feasibility of the concept
and what advantages would it bring over complex open cycle solutions for UAVs applications?”.
This main question is comprehensive of both objectives previously treated. The main question
can be broken down is a set of secondary questions that have to be considered to efficiently
respond to the primary one. As a first step, it is important to find an answer to the following
question to proceed:

(1) What is a semi-closed cycle and which benefits could it offer with respect to more conven-
tional and well established solutions?

(2) Which well known open cycle architecture constitutes a valid solution for high altitude
UAV applications to be compared with a semi-closed cycle?

(3) What modelling aspects have to be considered when novel thermodynamic cycles are ob-
jects of the study, and how might those have an impact on the engine analysis and the
results?

(4) What are the effects of altitude and size that have to be properly modelled to correctly
assess engines design for high altitude UAVs?

These questions have the scope of introducing the problem and justifying the objectives of
the literature review. In particular, the former two questions have the objective of establishing
the current status of the knowledge on semi-closed cycles and they have already been partially
answered. The latter two are focused on the modelling aspects. In particular, they define
the requirements that the model needs to address if a comprehensive analysis and comparison
between semi-closed and open cycles for high altitude UAVs has to be made.

The second set of secondary questions are related to the interpretation and analysis of the
results. In particular, the focus of these questions is towards the understanding of the semi-closed
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cycle capabilities, addressing whether the advantages identified in other engineering applications
can be extended to UAV propulsion. Note that no consideration regarding emissions have been
made in this project.

(5) Is the design point of the semi-closed cycle better than the most promising open cycle
counterpart, in terms of weight and overall performance parameters?

(6) How does the semi-closed cycle behave in part-power off-design situations with respect to
the state-of-the-art open cycle?

Finally, the following sub-questions rise spontaneously from items (5) and (6), completing
the modelling aspect of this project.

(7) What are the factors that have a major impact on the performance of the selected design
point and what is the current best modeling approach?

(8) What is currently available to predict engine component weights and to take into account
the major loss sources in the engine component modelling?

(9) How does the efficiency change in the off-design mode and how can this be properly mod-
elled so that a good preliminary estimation of the overall engine performance is obtained,
independently form the selection of an open or closed cycle architecture?

To summarize, the main objective of this project can be identified with a preliminary as-
sessment of semi-closed cycles architectures for high altitude UAV environments. As part of
the assessment, a comparison with current highly efficient open cycle gas turbine is needed to
establish the advantages and disadvantages. Moreover, for the characterization of the cycles,
a complete component model is necessary to assess feasibility, engine weight and part power
characteristics. The ERAST study is employed to set the flight operating environment and
requirements used in the assessment. Further study is recommended to define cycle sensitivity
to altitude and design power output change. Suggestions for further work will be made along
the project.

1.3 Thesis Outline

This thesis is organized as follows: an introductory part has been presented summarizing the
objectives and the reasoning behind this work. Subsequently, a literature review section will
be presented, with the scope of analyzing current available knowledge and modeling technique
which will help to answer the previously listed research questions. Initially, the literature has
been consulted to understand the current status of the knowledge on semi-closed cycles. More-
over, promising open cycle candidates have been identified through this phase. However, most
of the literature has been focused on the modelling development purpose. In particular, an
understanding was needed on different component modelling techniques that can be used to
assess the design and off-design component response to a thermodynamic change. In addition,
techniques to predict engine weight as function of thermodynamic design parameters have also
been explored. After this section, a deep discussion on the developed model will be presented.
Two aspects will be presented: the thermodynamic model built by means of the program NPSS
(Numerical Propulsion System Simulation) for semi-closed and open cycles and the component
model. This last addresses the way component performance and weight have been defined and
used in the analysis. Afterwards, an optimization section will be dedicated to the link between
the thermodynamic solver and the component model to identify optimal solutions for each cycle
architecture, considering minimum SFC and weight as objective. Finally, results of the analysis
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will be presented, showing the modeling capability and the results of the initial study on semi-
closed cycles and open cycles for high altitude UAVs. Further recommendation and source of
future study will be also discussed here, stressing how the model could be used to identify other
aspects not treated in this analysis.
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CHAPTER2

Literature Review

2.1 Introduction

As previously discussed, the literature review has two objectives: establish the current knowledge
on semi-closed cycles, and define best practices in modelling component performance and weight
as function of thermodynamic inputs. The former objective has been partially treated in the
introduction section. It was important to anticipate some of the literature review findings, in
particular with respect to the ERAST program to justify and contextualize this work. More
information will be presented here with particular focus on the advantages of the semi-closed
cycle. Furthermore, possible different semi-closed cycles will also be shown.

The second aspect treated is related to modelling aspects. The effort here has been dedicated
to the establishment of modeling techniques capable of correlating main cycle thermodynamic
parameters with individual component performance and weight. Different models are available,
however their accuracy and complexity strongly depend on the amount of information needed.
Therefore, this part of the literature review had the scope of identifying main modeling tech-
niques that would respond to the objectives defined in section 1.2.1 in a simple yet exhaustive
way. Consideration toward the particularity of the cycle, the engine size, the operating environ-
ment and analysis tasks have been made during the literature assessment.

This literature review module has been organized with an initial general review on the current
knowledge on the semi-closed cycle, followed by a detailed discussion on component and weight
modelling. Specifically, this last section has been divided according to the main components
considered: compressor, turbine, heat exchangers, burners, gearbox and accessories. The weight
model will be discussed for each components in a separate section.

2.2 Semi-Closed Cycles

The semi-closed cycle arrangement is a relatively old concept and dates back to 1956 in the so
called project ”Wolverine∗”, reported in [11]. Since then, semi-closed cycles have captured the
attention of various researchers. As mentioned, most of the currently available knowledge can
be found within the marine engineering environment, where semi-closed cycles have been proven
valuable (see reference [8]). Subsequent work involving semi-closed cycles, has brought to the
practical realization of a prototype to experimentally assess some of the advantages observed
with respect to conventional turboshaft engines [10, 11, 17].

∗DeWitt, S.H., et al., “Project Wolverine: Submarine Propulsion Unit,” Technical Manual No. 1410-C9,
V.1, U.S. Navy Contract No. 65-34224, Westinghouse Order WG-56600-T, August 1956. Original report lost as
explained in [11].
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2.2.1 Cycle Thermodynamics

Semi-closed cycles feature heat exchangers used as intercooler and recuperator. Advantages
attributed to conventional ICR open cycles can be observed here as well. However, the main
difference is that in a semi-closed cycle, a certain amount of the total mass flow is recirculated
within the engine core. To a certain extent, the semi-closed cycle can be seen as a fusion
between conventional open and closed Brayton cycles. This becomes particularly clear if the
thermodynamic cycle is visualized on a T-s diagram, as reported in Figure 2.1.

(a) ICR open cycle (b) Semi-closed cycle

Figure 2.1: Typical T-s diagrams of intercooled-recuperated
open and semi-closed cycle architectures∗

The similarity between the two cycles in term of thermodynamics is clearly visible from
the presented figures. Both cycles features two stages of compression, divided by one or more
intercoolers with the function of reducing the amount of power necessary to drive the second
compressor block. The flow is then preheated in a recuperator before entering the combustor.
Typically, for turboshaft architectures, two turbines are needed to power the compressors and
extract useful output work. The difference between the two cycles is between station 8 and 2 of
the figure. The semi-closed cycle features a splitter element in 8 which splits the flow into two
parts. A portion of the flow will be expanded in turbine as for the ICR open cycle (stage 8-9),
while the remaining part will be mixed with the incoming new engine mass flow (stage 8-2).
To allow this mixing, the two converging steams have to satisfy the requirement of equal static
pressure. From a hardware perspective, the mixing process introduces additional complications
in the actual engine realization, as experienced in [11].

2.2.2 Details on Advantages

The flow recirculation introduces noticeable advantages, which has made this cycle extremely
interesting. These positive aspects have been already introduced in chapter 1. A more detailed
explanation is provided below, showing engine features that contribute to these benefits. More
information can be found in references [10, 11] with respect to the HPRTE engine model. Nev-
ertheless, a generalization of these results to any semi-closed cycle model can be reasonably
expected from similar observations reported by other cited authors [8, 12, 14, 18].

(a) Reduced inlet mass flow In a conventional open cycle, a high burner exit temperature
is beneficial to reduce the total inlet mass flow necessary to produce a certain power. Conse-

∗The reported pictures have been adapted from the Aero Engine Technology (AE4238) lecture slides of
professor A. Gangoli Rao, year 2016/2017.
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quently, the overall engine size and weight also decrease. Therefore, burning at stoichiometric
temperatures minimizes the inlet air flow requirements. However, materials and cooling limita-
tions normally prevent to operate the combustor at such high temperatures. On the other hand,
the semi-closed cycle operates at far below stoichiometric temperatures, due to the considerable
amount of partially reacting feedback gasses. Therefore, only sufficient fresh air has to be sup-
plied to the engine to guarantee the combustion process. To a certain extent, the combustion
fresh air to fuel ratio is almost stoichiometric, although the reaction temperature is limited by
the recirculated products.

(b) Compactness The semi-closed cycle operates at its optimum at higher overall pressure
ratios than a conventional ICR. Because the recuperator is subjected to elevated pressures
on both hot an cold sides (due to the recirculation) the overall size of the heat exchanger is
decreased. Moreover, the reduced inlet mass flow requirements imply a considerable reduction
in the LP compressor and turbine dimensions. Hence, a more compact engine is achieved if a
semi-closed cycle is employed.

(c) Flat part power SFC As testified from the analysis reported in the HPRTE program
(Figure 2.2), a much flatter specific fuel consumption curve has been observed with respect to
conventional open cycles. This aspect has also been confirmed in [18]. Reasons are attributed
to the high pressure recirculated loop, which allows the high pressure components to operate at
almost constant rotational speed and near optimal temperatures, by changing the low pressure
components pressure ratios.

Figure 2.2: Part power SFC curves comparison for open recuperated (AGT1500),
intercooler-recuperated (WR21) and semi-closed cycle (HPRTE) turboshaft engines [10].

(d) Reduced emissions Considerable reduction of CO and NOx has been observed in semi-
closed cycle arrangements. Reference [19] provides three important reasons in support:

(1) the semi-closed cycle can recirculate more than two times the engine inlet mass flow, thus,
much less exhaust product is released in the environment, limiting CO, NOx and UHC
emissions,

(2) the primary zone chemistry is deeply modified by the presence of the recirculation prod-
uct. In particular, high concentration of water vapour is injected in the combustor, which
dissociates and increases the presence of the free radicals H and OH, reducing flame lumi-
nosity and emissions. In addition, a reduction of soot particles is experienced as effect of
the recirculation, leading to a reduction of CO,

(3) off-design, the combustion process occurs at near stoichiometric values, with inlet fresh air
supplied in sufficient amount only to guarantee the combustion. This reduces the mixture
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oxygen concentration and lowers locally the maximum flame temperature. As consequence,
NOx formation is significantly reduced.

(e) Reduced inlet and exhaust ducting This is a consequence of the reduced inlet and
outlet mass flow, which has a positive impact on intake and nozzle dimensions.

This list of advantages has been labelled based on currently available documentation on
semi-closed cycles. Most of these observations have been made in marine and power generation
environments, where more documentation on this cycle is available. It has to be noted that for
such applications, additional benefits can be obtained with the employment of water as cooling
flow in the intercooler, considerably reducing the size of this element. The interested reader is
referred to [12] for more information. Obviously, this possibility is not available for aerospace
applications, where air is the only cooling medium available. A possible limiting aspect for UAV
application could be identified in the intercooler dimensions (affecting both engine weight and
drag), as briefly mentioned in [14].

2.2.3 Cycle Arrangements

After having introduced the currently documented advantages of semi-closed cycle designs, it is
important to focus on possible semi-closed cycle arrangements. Mainly two semi-closed cycles
models have been documented in literature. The first is the HPRTE disposition reported in
Figure 2.3 and the second is the ERAST Coleman engine schematic reported in Figure 2.4. As
visible, the only difference between these two arrangements is the way the flow is split after the
high pressure turbine. In the HPRTE model, the whole engine mass flow passes through the
recuperator before being distributed; in the ERAST case, the splitter element is located between
the HP and LP turbines. Only part of the engine mass flow is sent to the recuperator, while the
remaining flow is immediately expanded in the LP turbine.

Figure 2.3: HPRTE engine arrangement [10].

Figure 2.4: ERAST engine arrangement [14].
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The thermodynamic representation of the HPRTE cycle can be visually assessed with Figure
2.1(b). The ERAST model can be represented on a T-s diagram in a similar manner, by shifting
point 8 and making it coincident with 7. As reported in [12], the HPRTE arrangement is a
more efficient solution as more heat is exchanged between hot and cold side in the recuperator.
However, because the second expansion in the LP turbine is occurring after the recuperator,
less work can be extracted from the cycle than for the ERAST configuration. The choice of the
former or the latter architecture is strongly dependent on the mission requirements.

2.3 Component Modeling

This section provides details on existing models that can be used to accurately simulate the
engine component response to thermodynamic inputs in design and off-design. The component
considered are only the ones associated to the gas turbine section. Therefore a complete modeling
discussion will be presented for: compressor, heat exchangers, combustor and turbine. No
performance model has been considered for the gearbox and the propeller, as these two elements
do not directly affect the engine thermodynamics. Their mechanical impact, however, has been
modelled through standard NPSS tools as will be explained later on. For a semi-closed cycle,
two additional elements enter in contact with the fluid and have to be considered: a mixer and a
splitter. In this section, no explicit mention to these components will be made, as NPSS already
provides sufficient tools for a correct assessment of their performance. Inlet and nozzle ducting
have been also modelled using standard NPSS tools. More details on NPSS will be presented in
chapter 3.

Before proceeding further with the individual models description, it is important to better
clarify the reasoning behind this literature research relative to the objectives of this work. From
a performance point of view, it is important to track how components behave in response
to a certain fundamental thermodynamic setting, in particular, if an optimization has to be
performed. For example, in design mode, it is important to correlate the maximum efficiency
obtainable from turbomachineries with pressure ratio. In such manner, if the optimizer changes
design pressure ratios across compressors and turbines, a realistic component design efficiency
is obtained. Therefore, ensuring a high accuracy of the optimization result. Moreover, certain
thermodynamic variables have a direct impact on component weight and size. This is particularly
evident in the heat exchangers, as will be shown subsequently. In off-design, it becomes useful
to characterize how the component design behavior changes in response to the engine off-design
demand. Moreover, material and structural limitations have to be included in early design
stages, if a feasible output is wanted.

Different models are available in open literature to support this phase of the project. Typ-
ically, the level of complexity of the model and the amount of information needed are directly
proportional to the accuracy of the model. In a preliminary study, it is thus important to pick
the model that provides sufficient and accurate information to satisfy the study objective while
not requiring too much computational effort. Later design stages will involve models of much
higher complexity, but will certainly benefit from a good and realistic preliminary analysis.

2.3.1 Turbomachinery Modeling

Two main turbomachinery arrangements are available to the designer for compressible fluids
applications: axial and radial. The former solution in commonly used in large machines, due
to a better ability of dealing with high mass flow rates. On the contrary, radial machines are
more suitable for small gas turbine applications, as they are less affected by size effects. A third
setup involving a combination of radial and axial machines has also been investigated, showing
promising results for small compressor applications [20, 21]. It is difficult to define the border
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where a certain turbomachinery type should be employed with respect to another. This becomes
particularly true for preliminary design stages, where little knowledge on the engine is available.

Support can be found in the work of Baljé [22, 23], applicable to both compressors and
turbines. His treatise is based on the similarity concept which states that only four parameters
are needed to completely describe the characteristics of turbomachines handling a compressible
medium: operational Mach and Reynolds numbers, specific speed Ns and specific diameter Ds,
with these lasts defined as follows:
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where N is the rotational speed, 9V1,3 is the volumetric flow rate, respectively 1 represents
the volumetric flow at the inlet of the compressor and 3 the volumetric flow at the outlet of the
turbine and Had is the adiabatic head. Since turbomachinery with the same specific speed and
same specific diameter are similar in geometry and flow mechanism, it follows that if Reynolds
and Mach effects are neglected, similar turbomachines have the same efficiency. As explained
in Baljé’s paper [22], representing the turbomachinery by means of similarity concepts has the
distinct advantage of making it easier to recognize optimum channel geometry and optimal
rotational speed. With this new parameterization, it has been possible to derive peak efficiency
curves for different turbomachine types as function of specific speed and diameter, allowing for
the identification of the most appropriate turbomachine. Two general Baljé’s charts have been
reported in Figures 2.5 and 2.6, showing the resultant NsDs diagram for different turbines and
compressors respectively.

Figure 2.5: NsDs diagram for single disk pumps and
low pressure ratio compressors [24]
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Figure 2.6: NsDs diagram for single disk turbines [24]

If Reynolds and Mach effects are taken into account, the similarity principle does not hold
fully and the peak efficiency predicted through the Baljé charts has to be corrected. Lower
efficiency values must be expected for the same Ns and Ds, as further explained in [22, 23].

For this thesis work, most of the modeling focus has been dedicated to radial turbomachinery.
The models presented in the dedicated compressor and turbine paragraphs have validity limited
to this environment. This choice has been initially made considering what reported in [25]. At
very low mass flow rates, the efficiency of the axial compressor drops sharply, blades are small
and difficult to make accurately and the advantage lies with centrifugal compressors. Axial
turbines do not suffer from size effects as badly as compressors. However, the most significant
advantage of a radial turbine is that it allows a much greater amount of work extraction per stage.
Since the second main objective of this work assumes the ERAST operating condition as design
case (see Figures 1.3 and 1.5), predicted engine mass flow and dimensions give reason for this
approach. Moreover, although the original Coleman engine employs two stages of axial turbines,
the power and turbine pressure ratios involved (see reference [14]) allow for the implementation
of a single radial turbine stage instead of two axial stages. It has been considered of interest to
address this solution and compare the effects with the original case. Nonetheless, the work of
Baljé has been taken into account for the verification of the feasibility of the choice in order to
ensure that the radial architecture is appropriate for the engine mission and dimension. Further
study should address axial and mixed flow turbomachineries as well.

Centrifugal Compressor Model

The scope of this section can be summarized as follows: (1) define state-of-the-art models that
allow for a realistic estimation of the compressor design efficiency as function of input pressure
ratios, (2) gain sufficient geometrical insight in order to assess component weight variation as
function of thermodynamic inputs, and (3) identify techniques to assess the off-design behavior
of the compressor.

According to reference [26], a preliminary design can be derived by simply scaling from an
existing reference, using appropriate parameter and scaling factors, or by a total redefinition of
design requirements which leads to the selection of the best geometry among a set of feasible
design solutions. In this second case a more complex aerodynamic design must be carried out,
using also more sophisticated techniques to model and analyze the real performance of the final
geometry created. Both approaches have been considered in this phase, evaluating advantages
and disadvantages. A full mathematical discussion of the selected approach is available in
appendix A, here only a brief presentation is made.
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Scaling Techniques These models are based on the similarity principle previously discussed
(refer to [22, 23, 27]). As stated, if Reynolds and Mach effects are neglected, two machines having
same specific speed and diameter will be identical in flow mechanism and efficiency. However,
according to [28], several factors can be identified that prevent obtaining a high performing small
gas turbine form a highly efficient larger reference:

(1) Large change in Reynolds number, which creates an important increase of viscous losses
in small machines.

(2) Considerable heat transfer between hot and cold components, which causes heat losses and
significant efficiency penalties. This phenomenon is almost absent in large engines.

(3) Geometrical restrictions related to materials and manufacturing techniques, with conse-
quent loss of accuracy on surface machining.

(4) Secondary losses, in particular tip clearance effects, more dominant in small size machines.

(5) Higher stress level in the rotating components as a small machine, for same power output,
needs to rotate faster.

Several models have been proposed to account for some of these effects, producing a more
accurate efficiency evaluation for the scaled design. A generalized formula has originally been
presented in reference [29] to properly account for Reynolds changes between original and scaled
machines. The final formulation has been reported in equation 2.3, accounting for viscous (profile
and windage) and non-viscous (mixing and trailing edge) losses, by means of the coefficients a
and n.
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With Reynolds number defined as:
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In the previous equations, ρ1 and µ1 are the compressor inlet density and dynamic viscosity
respectively, U2 is the impeller exit rotational speed and D2 the impeller exit diameter. The
parameter n denotes the Reynolds ratio exponent and assumes a value between 0.16 and 0.5,
depending on the specific compressor [30]. a is the Reynolds independent loss fraction and it has
a value between 0.3 and 0.4, according to [31]. A considerable amount of work has been done
on equation 2.3 in order to find the best settings for a and n. The Reynolds number definition
has also been object of debate, as testified in [30]. More details are available to the interested
reader in appendix A.1.

As discussed in [16, 31], it is strongly beneficial to generate high pressure ratio compressor
stages to achieve good overall cycle efficiencies. A demand of higher pressure ratio is realized
through an increase of the impeller rotational speed, which results in an increment of both rotor
inlet and exit Mach numbers. Accurate diffusion and component matching at higher impeller
exit Mach numbers becomes harder. Therefore the overall peak stage efficiency will strongly
depend on the compressor design aerodynamic quality. In particular for small turbomachines,
manufacturing limitations prevent obtaining optimal aerodynamic designs, thus setting a limita-
tion in the maximum compressor efficiencies. Rodgers [16] proposed a relative simple expression
to account for efficiency penalties due to Mach and pressure ratio effects (appendix A.1.1).
Wilson and Korakianitis [32, 33] present two simple equations (appendix A.1.2) that can be
employed as an alternative to the Rodgers’s model. Moreover, a fully empirical method has
been derived for radial compressors in [34], which accounts for efficiency variation as function
of pressure ratio (appendix A.1.2).
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Finally, manufacturing processes also affect the performance of small gas turbines, due to
limitations on minimum clearance and surface roughness achievable through machining. Rodgers
[31] presents a model (equation A.7) to account for efficiency variation due to clearance effects.

An example of usage of scaling techniques is reported in [28, 31], similar approach has been
already applied to a UAV gas turbine analysis in [35]. Scaling factors have been derived on
the assumption that the gas turbine power output is proportional to the inlet mass flow and/or
turbomachinery characteristic diameter squared. Equation 2.6 can be therefore generated from
2.5, as reported in the cited papers.

9W 9 9ma 9 D2 (2.5)

SF “
9W

9Wref

9
9ma

9ma,ref
9

D2

D2
ref

(2.6)

Once the scaling factor has been defined, it can be inserted in the scaling relations and the
resulting efficiency can be calculated. The main advantage of this technique lies in its simplicity
and brevity. Disadvantages can be identified as the low accuracy of the predicted efficiency and
the little geometrical information that can be derived about the new compressor. In addition, the
strong relationship between design pressure ratio and rotational speed cannot be fully captured
by means of these techniques. A wrong combination of those two parameters might lead to
a compressor design that is not structurally feasible, invalidating also the off-design analysis.
There is no clear means to address this issue with such a simplified analysis, leaving the pressure
ratio and rotational speed selection fully decoupled.

Meanline Techniques A higher fidelity model that addresses the problems pointed out with
the previous method is the meanline method. The behavior of the whole 3D compressor is mod-
eled in terms of overall thermodynamic parameters at the inlet and outlet of each constitutive
element. Geometrical information can be addressed by means of a relatively simple mathematical
treatise that involves fundamental laws of fluid dynamics applied to turbomachines. Empirical
relations are used to characterize the overall performance of the compressor in terms of both
efficiency and aerodynamic behavior. Different empirical loss models can be found in literature
that allow for a detailed loss estimation. However, three main authors have been commonly
mentioned to have collected and organized optimal loss model sets: Galvas [36, 37], Oh [38]
and Aungier [39, 40]. These authors have published sets of empirical formulas that can be used
to characterize the performance of the impeller and the vaneless/vaned diffuser for design and
off-design. The main idea behind those models is to break the overall losses occurred in the
compressor flow passages into individual loss contributions that can be independently modelled.

The major source of loss in a well-designed compressor can be identified with the impeller.
Impeller loss mechanisms can be classified in internal and external losses. As discussed in [41],
external losses are associated to an impeller discharge enthalpy rise without any corresponding
pressure rise. Harley et al. [42] report the following table showing, from an impeller perspective,
the different loss sources divided into internal and external. In addition Table 2.1 visually
explains what loss mechanism can be captured using the different models proposed by the three
authors quoted.
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Table 2.1: Impeller loss model comparison, adapted from [42]

Regarding the diffuser section, Galvas [36, 37] and Oh [38] both employ the relation developed
by Stanitz [43] which defines the diffuser losses from equation 2.16 and 2.17. Aungier [39],
developed a model similar to the impeller where vaneless and vaned overall loss contribution can
be split into fundamental individual sources for a more complete modeling. Looking at Table
2.1, Aungier’s model seems to be the most complete one, however, additional considerations,
involving accuracy and computational costs, have to be made before selecting a certain model
with respect to another.

Harley [42] analyses the performance of these loss models with respect to test data for three
different automotive compressors. The main conclusion derived is that the Galvas loss model is
the most robust model because it allows for acceptable performance prediction across the entire
map with very good prediction at high tip speeds. In addition, the model uses the least number
of equations which simplifies the performance code. Good performance has been observed for
Oh’s model as well, however, losses in accuracy have been documented at high rotational speed
[42, 44]. This aspect is less acceptable in a model as the design point normally sits at high
rotational speeds and accurate predictions are wanted in these regions of the compressor map.
Aungier’s model performs extremely well in only certain regions of the map. All models lack in
accuracy close to the surge limits and the peak efficiency is underestimated [42].

Based on these considerations, Galvas’s loss model is selected as the most compatible with
the goals of this project. Finally, a suitable meanline model had to be identified to provide
the geometrical inputs needed to build the Galvas’s model. The 1D methodology elaborated in
references [26, 41] is perfectly compatible with this task. In addition, sufficient data are also
available for the compressor weight model discussed in section 4.5.1. The full meanline approach
is discussed in appendix A.2.1. Below, the Galvas loss contributions have been briefly presented.

Galvas loss model The Galvas loss model addresses the following contributions: inducer
incidence loss, blade loading loss, skin friction loss, disk friction loss, recirculation loss, vaneless
diffuser loss and vaned diffuser loss. Galvas [36, 37] does not report an explicit formulation for
clearance losses and shock losses. The author mentioned that the former are considered to be
inherent to the impeller losses while the latter have not been included. However, for compressors
delivering high pressure ratio, transonic flow and consequently shock losses might be possible.
The model proposed by Aungier [39, 40] has been found to be compatible with the current
treatise.

Inducer incidence loss The incidence loss is associated with the fact that the flow enters the
impeller with a relative flow angle different from the optimal one. This type of losses is minimal
for the design point (ideally it is null), since the design blade angle (β1m) is close to the optimal
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one (βopt). In off-design, these losses can be significant. The enthalpy loss due to to incidence
is calculated by means of:

∆hINC “
W 2
L

2
(2.7)

with

WL “W1m sin |βopt ´ β1m| (2.8)

Blade loading loss The boundary layer growth strongly depends on internal diffusion in the
impeller. This has been modeled with equation 2.9, where Df is the diffusion factor defined in
appendix A.2.2. The different diffusion behavior experienced in the presence of splitter blades
is embedded in the definition of Df .

∆hBL “ 0.05D2
fU

2
2 (2.9)

Skin friction loss On top of the aerodynamic losses due to the aerodynamic loading of the
impeller blades, skin friction losses are experienced by the impeller wetted surfaces. Equation
2.10 has been developed based on fully developed turbulent pipe flows.

∆hSF “ KSFCf
L{D2

Dhyd{D2

ˆ

W

U2

˙2

av

U2
2 (2.10)

Where KSF is a coefficient that assumes values of 5.6 and 7.0 for conventional impellers and
impellers with splitter blades [36, 37], Cf is the skin friction coefficient calculated as shown in
the appendix, L{D2 is the mean flowpath blade length to diameter ratio and Dhyd{D2 is the
mean hydraulic to exit diameter ratio.

Disk friction loss This loss is caused by the friction generated by the flow windage on the
backface of the compressor disk [45]. The following relation can be employed to compute the
enthalpy losses.

∆hDF “ 0.01356
ρ2

9mRe0.2
2

U3
2D

2
2 (2.11)

The Reynolds number in equation 2.11 is defined as function of the impeller exit dimensions
and inlet total conditions as reported below.

Re2 “
ρ01U2D2

µ01
(2.12)

Recirculation loss These losses are caused by the backflow of the working fluid into the impeller
due to the pressure difference. Penalties associated to this phenomenon can be estimated from
equation 2.13.

∆hRC “ 0.02
?

tanα2D
2
fU

2
2 (2.13)

Shock loss These losses occurs when the inlet relative Mach number exceeds the inlet critical
Mach number (Mcrr). The definition of this last parameter is important and is discussed in
detail in appendix A.2.2. The enthalpy loss can be calculated according to equation 2.14.

∆hSH “ 0.2

„

pM1mr ´Mcrrq
Wmax

U2

2

U2
2 (2.14)

where
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Wmax “
W1 `W2 `∆W

2
(2.15)

and ∆W is the average blade velocity difference computed from standard irrotational flow
relations, as show in appendix.

Vaneless loss The total enthalpy loss in the vaneless section of the diffuser can be calculated
from equation 2.16, once the total pressure loss is known. Galvas [36, 37] proposes a methodol-
ogy to compute the pressure losses from fundamental equation of continuity, equilibrium, heat
transfer and fluid state as presented in appendix A.2.2.

∆hV LD “ cpT02

«

ˆ

P3

P03

˙

γ´1
γ

´

ˆ

P3

P02

˙

γ´1
γ

ff

(2.16)

Vaned loss A similar equation can be used in the vaned section in order to calculate the total
enthalpy losses.

∆hV D “ cpT02

«

ˆ

P4

P04

˙

γ´1
γ

´

ˆ

P4

P03

˙

γ´1
γ

ff

(2.17)

Radial Turbine Model

As discussed, radial turbines have been considered in the current work. In terms of modeling,
not much difference can be observed with respect to centrifugal compressors. For this project,
the initial design performance modeling can be accomplished by means of scaling techniques or
a meanline approach. For the former, equation 2.3 and similar (see appendix B.1.1) can still be
used, with a slight modification in the coefficient a and n, as discussed in [28, 30, 31]. According
to Rodgers [16], radial turbines do not suffer from significant Mach number and pressure ratio
penalties for pressure ratios inferior to 5.0. The paper also provides a simple relation to account
for clearance losses in radial turbines stages. Wilson and Korakianitis [32, 33] provide two
alternative models to account for size and pressure ratio effects on turbine efficiency that are
reported in detail in the appendix. However, similar limitations identified for the compressor
case can be also addressed for turbines. For this reasons, a more detailed approach has been
performed in the turbine modeling as well, leading to the investigation of a meanline model
combined with empirical relation to improve the accuracy of the predictions.

Whitfield and Baines [41, 46] present a relatively simple meanline approach that couples
perfectly with the investigated loss models. For radial turbines, two main empirical loss models
are available in literature, the first proposed by Rohlik [47, 48] and the second by Glassmann
[49, 50]. Both models divide the overall turbine losses the following major contributions: stator
and rotor losses. A general model accounts for the overall stator losses, while the rotor losses
have been divided in: incidence losses, passage losses, disk friction losses, clearance losses and
kinetic energy losses. As for the compressor case, individual relations have been provided to
model each loss source. The Glassman model descends directly from Rohlik’s model and more
details on this model are provided below. Baines [51], has more recently provided a slightly
modified version of the Glassman equation for passage and clearance losses. More information
on the loss models is available in appendix B.2.2. Moreover, details on the meanline model have
also been summarized there.

Glassman loss model As for the Galvas loss model, this section introduces the mathematical
relation used to model each loss source. Regarding the stator losses Rohlik and Glassman model
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employ similar relations, they slightly differ for the rotor part. A full model description is
available in appendix B.2.2.

Stator loss The stator losses can be defined according to equation 2.18.

∆hS “ espKEqid (2.18)

where es is the stator loss coefficient defined as shown in appendix, the pKEqid,1 is the ideal
kinetic energy defined according to equation 2.19 and pKEqS is the actual kinetic energy defined
as: pKEqS “ C2

1{2.

pKEqid,1 “
pKEqS
1´ es

(2.19)

Incidence loss The incidence losses have been defined according to the following equations.
This contribution is minimal or null at design point, however, it can become significant for
off-design flow conditions. In the following, i is the incidence angle, defined as: i “ β2 ´ βopt.

∆hINC “
1

2
W 2

2 sin2 i (2.20)

Passage loss The passage loss contribution can be estimated according to equation 2.21, with
i defined as previously shown.

∆hP “
1

2
KppW

2
2 cos2 i`W 2

3 q (2.21)

Disk friction loss Disk friction losses can be estimated by means of the following equation. The
Reynolds number in equation 2.22 is calculated as: Re2 “ ρ2U2r2{µ2.

∆hDF “ 0.02125
ρ2U

3
2 r

2
2

9mRe0.2
2

(2.22)

Clearance loss A simple equation is available for clearance losses, assuming a direct variation
of this loss contribution with the average clearance to blade-height ratio (c{h). ∆hy represents
the Eulerian work.

∆hCL “ ∆hy

´ c

h

¯

(2.23)

Exit loss The kinetic energy loss associated to the turbine exit velocity (C3) can be computed
according to:

∆hEX “
C2

3

2
(2.24)

Cooling consideration Cooling losses cannot be captured with any of the proposed loss
models. Typically, small gas turbines tend to be uncooled for manufacturing difficulties and
strong mixing efficiency penalties. However, if a better overall cycle thermal efficiency is needed,
an increase of TIT is necessary. Rodgers [16] reports that the most practical way of cooling small
gas turbines is by impinging the coolant on the rotor rear face and vane tips. In addition, because
of the quick mixing that occurs between cold flow and hot free stream, the cooling effectiveness
rapidly decreases with distance from the impinging point. Therefore, for an effectiveness (ε) of
30 percent at the rotor tip, it is necessary to employ about 10% of the main flow for cooling
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[16]. Similar observations have been reported in [25], where the cooling effectiveness has been
defined as:

ε “
T01 ´ pTm `∆T0q

T01 ´ pT0c `∆T0q
(2.25)

Where, T01 is the turbine stagnation inlet temperature, T0c is the coolant temperature, Tm
is the rotor metal temperature and ∆T0 is defined according to equation 2.26.

∆T0 “
1

2

U2
2

cp
(2.26)

Horlock [52], provides a simple expression that associates cooling losses with the coolant
fraction parameter (ξ), which assumes the form of equation 2.27. Where ξ is defined as the ratio
of the cooling mass flow to the total mass flow, and K is a constant that assumes values of 0.125
for nozzle guide vaned rows, from experimental correlations. These information can be used to
derive a simple model, as reported in section 3.4.

∆ηstage
ηstage

“ ´Kξ (2.27)

Off-Design Modeling

The turbomachinery off-design analysis consists of finding the compressor-turbine operating
point for flow and power conditions that differ from the design ones. Prior knowledge of the
design point must be available to perform this analysis. From a compressor and turbine com-
ponent perspective, off-design literature considerations can be reduced in the identification of
techniques to support the generation of the component maps.

Similar to the design case, two techniques are available to generate a full compressor map
to be used in the off-design analysis: (1) scaling an existing map to adapt it to the new design
point or (2) generating a totally new compressor map of the designed compressor. The former
methodology is commonly adopted because it allows for a quick generation of the component
maps necessary for a preliminary analysis. The latter employs the same empirical loss models
discussed previously to characterize compressor and turbine behavior at different flow condition
and fixed geometry. This second method implies full velocity triangles calculation for each off-
design condition to recreate the full component map. Although, the accuracy of the second
method is certainly improved, the complexity added might not justify the benefits at this stage.

More information on the off-design implementation of the loss models previously treated can
be found in [36] and [50], for centrifugal compressors and radial turbines respectively. Below,
a brief summary on off-design scaling methodologies will be presented, as this is the approach
typically implemented in thermodynamic solvers, NPSS included.

Map scaling approach Traditional scaling techniques can be found in the work done by
Sellers and Daniele [53]. In short, the method consists in defining fixed scaling factors to be
applied to the reference map in order to adapt it to the new design point. Scaling factors
are typically defined for pressure ratio, corrected mass flow and efficiency from information
extracted from the reference map and the new turbomachine design point. No scaling factors
are traditionally applied to the dimensionless rotational speed [53]. Equations 2.28, 2.29 and 2.30
provide the classical scaling formulation, applicable to both compressors and turbines [53, 54].

Π “
Πdes ´ 1

Πmap,des ´ 1
pΠmap ´ 1q ` 1 (2.28)

9mc “
9mc,des

9mc,map,des
9mc,map (2.29)
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η “
ηdes

ηmap,des
ηmap (2.30)

The theoretical background behind this approach is once again the similarity principle pre-
viously discussed. Therefore, good quality results can be expected for scaling factors as close
as possible to the unity, as presented in [53, 54]. Moreover, from the comparison with real data
made in reference [53], it has been found that this approach leads to a quite significant error
if the value of the scaling factor is far from one. A good number of different compressor maps
can be used such that it is always possible to select the best available reference for the specific
case. For off-design analysis conducted close to the design operating point, accurate results can
still be expected from this method. The further is the operational point from the design one the
higher would be the error.

Most of the numerical propulsion software employ similar scaling factors defined through
equation 2.28, 2.29 and 2.30. Correction factors can be added to account for Reynolds effects
and improve the quality of the scaled maps. References [55, 56] provide additional information.
Furthermore, numerous publications are available in literature discussing more advanced and
sophisticated techniques with the intent of improving the quality of the resultant scaled maps
(refer for example to [54, 57, 58]), however, equations 2.28, 2.29 and 2.30 are still widely used
for preliminary analysis.

2.3.2 Heat Exchanger Modeling

As stated previously, the introduction of heat exchangers into the engine becomes essential for in-
creasing the thermal efficiency of conventional gas turbines to values between 30 and 40 percent.
For efficiency values close to this last threshold, special materials must be employed, allowing for
higher recuperator inlet temperature (RIT) and turbine inlet temperature (TIT) [1, 59], mak-
ing weight and costs important limiting factors to the maximum performance achieved by the
engine. Furthermore, the design of heat exchangers to be employed as intercooler/recuperator
in a thermodynamic cycle, cannot be carried out independently from the whole cycle analysis.
In fact, the influence of cycle parameters, such as pressure ratios, TIT, etc., on performance and
size of the HEXs is important.

This part discusses the literature review performed on heat exchangers modeling techniques.
General considerations on heat exchangers design and off-design behavior are initially provided,
showing the theoretical background necessary to understand the later modeling choices made.
A complex methodology will be introduced to show the influence of geometrical and flow pa-
rameters onto the HEX design. Finally, a preliminary methodology will be presented as a more
appropriate alternative for this project. Additional focus will be dedicated to off-design mod-
eling techniques that can be used to overcome the simplification made on these components in
the ERAST analysis [14].

General consideration

Two important parameters are conventionally used to characterize the heat exchanger behavior
in design and off-design: effectiveness (ε) and overall pressure losses (∆P {P ). The former is
defined as the ratio of the actual hot to cold fluid heat transfer rate to the maximum heat
transfer thermodynamically permitted between the two media (see equation 2.31). Moreover,
the effectiveness can be directly associated to fluid and geometrical quantities, considering that:
9q “ U∆TmA.

ε “
9q

9qmax
“

ChpTh,1 ´ Th,2q

CminpTh,1 ´ Tc,1q
“

CcpTc,2 ´ Tc,1q

CminpTh,1 ´ Tc,1q
“

UA

Cmin

∆Tm
∆Tmax

(2.31)
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where, Cmin is minimum capacity rate (the smaller between Cc and Ch), ∆Tm is the effective
mean temperature defined in [4], A and U are the heat transfer area and the overall heat transfer
coefficient respectively.

The overall pressure losses represent the sum of hot and cold side pressure losses [60]. The to-
tal pressure drop on each heat exchanger side accounts for the sum of the following contributions:
(1) skin friction losses, (2) momentum effects (pressure losses associated to density changing in
the HEX core) (3) entrance and exit effects (losses due to sudden contraction and expansion at
the inlet and outlet of the HEX) and (4) gravity losses (negligible in many applications).

Hot and cold side pressure losses can be directly correlated to the heat exchanger geometry
and flow characteristics by means of equation 2.32, [4, 61].

ˆ

∆P

P1

˙

h,c

“
G2

2ρ1

„

p1´ σ2 `Kcq

(Entrance effect)

` 2

ˆ

ρ1

ρ2
´ 1

˙

(Flow acceleration)

` f
A

Ac

ρ1

ρm
(Core friction)

´p1´ σ2 ´Keq
ρ1

ρ2

(Exit effect)



(2.32)

In the previous equation, Kc and Ke are the contraction and the expansion loss factors that
can be approximated as: Ke “ p1´ σq2 and Kc “ 0.5p1´ σq. Where, σ is the ratio of the free
flow area to frontal area and ρm is the mean specific density. ε and ∆P {P are directly related
to the heat exchanger geometry and flow arrangement. The definition of these parameters in
design is sufficient to completely determine the thermodynamic impact of the component in the
cycle. Keys and London [61] provided a complete methodology which can be used to iteratively
size the heat exchangers and a similar approach can be used for an off-design analysis [4].

The main limitation of this approach is constituted by the assumption that prior knowledge
on HEX type and main geometrical feature is available. Keys and London [61] provide a database
of existing heat exchangers geometries and flow data that can be used to apply the methodology.
However, it becomes clear from multiple literature examples, that intercooler and recuperator
HEXs have to be uniquely designed for the specific application, considering also engine size and
constraints before choosing the appropriate configuration [7, 14, 60].

Due to this strong interaction between engine thermodynamic parameters and the aforemen-
tioned heat exchangers design issues, the identification of a simpler model in agreement with
the scope of this project was needed. Detailed discussion is presented below.

HEX simple model

The scope of this section is to identify a relation that allows to link engine thermodynamic
inputs with the heat exchanger constitutional parameters (ε and ∆P {P ). Moreover, the effect
of the selection of these two design values on HEX size and weight has to be captured. In this
manner, the heat exchanger could be modeled as a coherent black box, that behaves as close as
possible to a real component.

In agreement to this purpose, Stevens [62, 63] has shown that, for an optimized microchannel
recuperator, the optimal ratio between hot and cold side pressure losses is only function of gas
turbine proprieties; in particular, it primarily depends on compressor pressure ratios. Moreover,
McDonald [2], reports a proportionality relation (equation 2.33) showing the influence of heat
exchangers and thermodynamic cycle parameters on the recuperator volume, displaying similar
conclusion to Stevens.

V 9
9m

?
ΠC

(Power Parameter)

ˆ

ˆ

ε

1´ ε

1
a

∆P {P

˙

(Recuperator Parameters)

ˆ

ˆ

d

f

j3

1

β

˙

(Surface Geometry)

(2.33)

Where 9m is the inlet mass flow, f is the Fanning friction factor, j is the Colburn heat
transfer factor and β indicates the surface compactness. Similar relations can be found in
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references [16, 18, 64], generalizing the treatise to any heat exchangers specialization. Most of
the work available in literature has been done on the recuperator side, which exhibits stronger
interactions with the cycle thermodynamics than the intercooler. However, the influence of the
“Recuperator Parameters” group in equation 2.33 is common to any HEX.

Simple sizing charts are also available for different recuperator types in reference [59, 65–67],
showing the impact of effectiveness and pressure drop onto recuperator specific size and weight.
An example has been reported in Figure 2.7, that can be used to model the recuperator volume
variation as function of target effectiveness or pressure loss for given flow conditions.

(a) Effectiveness chart (b) Pressure loss chart

Figure 2.7: Recuperator design point performance as function
of mass flow per unit of volume [67]

These charts are useful for both design and off-design. In design, the effect that the selection
of a certain effectiveness and pressure loss has on the heat exchanger size can be captured. Great
insight is also provided on the recuperator off-design behavior. In part power analysis, the heat
exchanger volume is fixed by the design case. Therefore, as the inlet airflow reduces, ε increases
and ∆P {P also decreases (from Figure 2.7). Reference [67] provides equations to model the
recuperator effectiveness and pressure loss variation in off-design, respectively equation 2.34 and
2.35.

ε “ 1´
9m1c

9m1c,des
p1´ εdesq (2.34)

As explained in reference [56, 67], this simple relation holds because the downstream capacity
is essentially fixed by the HP turbine and it represents a good first order accuracy model for
the recuperator. The pressure losses on the recuperator cold side may increase in part power,
due to the augmented heat transfer, while, on the hot side, they tend to decrease due to the
reduced inlet corrected mass flow. These variation can be captured by means of equations 2.35
and 2.36, [67].

ˆ
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ˆ
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(2.35)

and

ˆ

∆P

P

˙

h

“

ˆ

∆P

P

˙

h,des

¨
p 9m2

1h ¨ T01,hq

p 9m2
1h ¨ T01,hqdes

(2.36)
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Equations 2.34, 2.35 and 2.36 are only valid for the recuperator case. Reference [67] provides
a similar set of equations for the intercooler off-design modeling. The effectiveness in part power
can be assessed by means of equation (2.37). The intercooler effectiveness increases in part
power, however, there is a much stronger influence of hot side inlet flow conditions that have to
be taken into account.

ε “ 1´

ˆ

9m1h

?
T01,h

P01,h

˙

ˆ

9m1h

?
T01,h

P01,h

˙

des

p1´ εdesq (2.37)

Intercooler hot side pressure ratio losses can be approximated as follows [67]:

ˆ

∆P
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˙
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ˆ
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˙
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¨

´

9m2
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P 2
01,h

¯

´

9m2
1hT01,h
P 2
01,h

¯

des

(2.38)

The heat exchangers off-design behavior can be completely characterized by the previously
introduced model. As discussed by McDonald [7], the heat exchanger effectiveness increases
with part power except for very low mass flows rates. In this particular condition, longitudi-
nal conduction has a much stronger impact on the effectiveness, which may abruptly decrease.
The negative performance effects are strongly dependent on heat exchanger types and materials
employed, and, even with the more complete model mentioned, it becomes difficult to properly
assess them. For a preliminary study, the simple model proposed by Walsh and Fletcher repre-
sents a good approximation, assuming that the off-design analysis is not conducted at extremely
low mass flows. In a later design stage, the availability of a full intercooler and recuperator
performance maps, such as the one presented in Figure 2.8, can certainly improve the outcome
of this study.

Figure 2.8: Typical recuperator performance map [7]
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2.3.3 Combustor Modeling

Complications in the combustor design and off-design model are commonly embedded in the
size effects. In fact, according to [68], scaling techniques for small combustors are less defined as
result of the following: (1) surface area and volume dramatically changing with size, (2) increased
effects of wall quenching, (3) low fuel flow implies a smaller number of injectors and orifice
sizing and (4) increased leakage effect and pressure losses.

A simple relation that correlates combustor efficiency with primary zone volume has been
presented in [16]. Equation 2.39 accounts for some of the phenomena previously mentioned, and
it provides a preliminary base for introducing this treatise.

η 9

˜

V ξ exppT3{bq

9m3
Tw

¸

(2.39)

where V represents the primary combustor volume, ξ is the reaction time, Tw is the wall
temperature and b is a constant. Additional complexity has to be accounted for the semi-closed
cycle analysis due to the considerable amount of burnt products that enter the combustor. As
discussed previously, optimal recirculation ratios (FFR) can be two or three times greater than
the inlet air flow. A comprehensive study of the effects of uncooled exhaust gas recirculation on
emissions and combustor efficiency has been done in reference [69], using liquid Jet-A as fuel.
The experiments were conducted at constant pressure and with an equivalence ratio varying
between 0.3 and 1.0. Although more details are available in the reference, main findings are:

• Increasing the recirculation ratio reduces the NOx and CO emissions up to a certain FFR
value. Further increase has little effects on emissions.

• Combustion efficiency rises with the percentage of recirculated flow, in particular for high
values of equivalence ratio.

• Equivalence ratio stability range has also augmented, leading to an almost doubled com-
bustor operational range.

These results have been obtained with a combustor designed for a recirculation ratios far
below the unity. Although similar trends could be expected for higher recirculation ratios,
additional problems have to be accounted in the realization of the combustion chamber. Rodgers
[18], identifies the combustor as the key element for the semi-closed cycle success. The author
underlines that for high feedback flow ratios, low volumetric heat release ratios are required to
ensure sufficient mixing and obtain the desired stability limits. This leads to a primary zone
volume per unit of recirculation at least three times larger than a conventional combustor. The
LP module weight reduction advantage could be levelled-off by this aspect. Combustor cooling,
sufficient pressure drop and clean feedback flow are additional critical aspects to be considered
in the design [10, 17, 18].

These aspects prevent using a simplified treatise, based on scaling relations, to acquire suffi-
cient combustor geometrical and performance insight. Therefore, a more sophisticated method-
ology has been investigated, capable of fulfilling the requirements of this project and addressing
common issues encountered in combustor modeling. Sufficient details on the combustor design
and off-design performance modeling are subsequently reported. However, the complete design
modeling approach is reported in appendix C.

Combustor design

This paragraph discusses a simple formulation based on reference [70], that can be used to assess
combustor design dimensions and performance. This methodology has been widely employed
in literature [71–74] and is applicable to any combustor type: can, annular or can-annular. For
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small gas turbines, it is common practice to use an annular straight or reverse flow configuration
[74]. This is because such solutions suffer less from problems associated to the close coupling
of compressor, combustor and turbine, and the high rotational speed involved. Reference [75]
reports that reverse flow combustors have superior performance than straight flow. However,
the characteristic high surface to volume ratio of the first type adds several complications in the
liner cooling system. Thus, a straight design is more beneficial from this perspective.

As discussed in [70], not the best combustor design results from the application of the fol-
lowing treatise and further refinement must be addressed. However, reasonable criteria can be
derived to size primary areas and features of combustors, such as: casing, liner, diffuser, swirler,
etc. Further methodology validation via CFD has been discussed in [76, 77], showing satisfactory
results. The design method is essentially composed of the following four steps: (1) combustor
type selection, (2) characterization of casing and liner cross-sections, (3) combustor zones siz-
ing, and (4) definition of cooling requirements.

Assuming that the combustor type is already established, the design method starts with the
definition of the reference area (Aref ), which is typically associated to the case area. Aerody-
namic and chemical considerations can be used to define this parameter.

Aerodynamic design Following the discussion in [74], the aerodynamic design of combustors
is a primary aspect to be considered. Aerodynamic considerations have a considerable impact on
combustor total pressure losses due to the strong mixing between fresh air and burnt products
that occurs in each combustor zone. Equation 2.40 has been developed to correlate the reference
area to combustor pressure losses and inlet flow data.

Aref “

«

R

2

ˆ

9m3

?
T03

P03

˙2 ∆P3´4

qref

ˆ

∆P3´4

P3

˙´1
ff

(2.40)

The total pressure loss (∆P3´4{P3) depends on combustor type and operating conditions. Its
value typically varies between 4% and 8%. The term ∆P3´4{qref is the pressure loss factor, which
represents the sum of two contributions as shown in equation 2.41: the diffuser pressure drop
(∆Pdiff{qref ) and the liner pressure drop (∆PL{qref ). The former term has to be minimized,
since diffuser losses have no contribution in the combustor process. The latter is associated to
the liner cooling system sizing and a careful study is needed to quantify this term [74].

∆P3´4

qref
“

∆Pdiff
qref

`
∆PL
qref

(2.41)

The pressure loss factor, unlike the overall pressure loss, is a fixed property of the combustor
which does not depend on operating conditions. Typical values are reported in [70, 74] that can
be used for a preliminary evaluation.

Chemical considerations According to references [70, 71], the reference area can obtained
from consideration of the chemical processes occurring in the whole combustor, through the
definition of the combustor efficiency. For any operating condition, the combustion efficiency
can be expressed as function of the correlating parameter θ, defined as:

θ “
P 1.75

03 ArefD
0.75
ref exppT3{bq

9m3
(2.42)

Where, b can be assumed equal to 300 according to [74], or it can be more precisely related
to a function of the primary zone equivalence ratio (φPZ) by means of the relations reported
below [70, 71].

31



b “ 245p1.39` lnpφPZqq for 0.6ăφPZă1.0

b “ 170p2.00´ lnpφPZqq for 1.0ăφPZă1.4

Reference [70] points out that the majority of combustors have an efficiency close to 100%
for a θ-value of 73 ¨ 106. Inserting this value in equation 2.40 allows to compute the reference
area value. Figure 2.9 shows visual evidence of what just mentioned.

Figure 2.9: θ-parameter correlation for conventional combustor designs [70, 74]

Two different values of the reference area can be computed by means of the aerodynamic and
chemical treatise. According to [72] the area calculated using equation 2.40 leads to satisfactory
pressure losses, however the expected efficiency will not be high. The chemical treatise provides a
value that guarantees good combustor efficiency at the cost of significant pressure losses. Typical
choice could be to take the average between the two calculated values. However, most of the
references consulted indicate that it is preferable to use equation 2.40 over 2.42 for a preliminary
study.

Combustor zone sizing Once the combustor reference area is established, the remaining
combustor sizing can be completed for each combustor zone. The full sizing procedure is dis-
cussed in appendix C.1. The summary presented here leads to the definition of only the impor-
tant design parameters that are needed for off-design and weight considerations.

The first step is to calculate the combustor area (Aft), which is related to the liner cross-
sectional area. This can be simply done by means of equation 2.43. The value of the constant k
is normally assumed to 0.7 for can and annular combustors, 0.65-0.67 for can-annular. Reference
[72] derives an expression to calculate the optimal value of this constant as function of additional
combustor design data.

Aft “ k ¨Aref (2.43)

With this information available, the combustor zones can be preliminary sized. According
to Melconian and Modak [70], the length of the primary zone should be set to: LPZ “ 0.75Dft,
while the secondary zone length can be assumed equal to: LSZ “ 0.5Dft. The dilution zone
length is computed following reference [71] from Table 2.2, as function of the pressure loss factor
and the pattern factor (PF ).
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Table 2.2: Dilution zone length estimation table

∆P3´4{qref LDZ{Dft

15 3.78-6PF

20 3.83-11.83PF+13.4PF 2

30 2.96-9.86PF+13.3PF 2

50 2.718-12.64PF+28.51PF 2

With this information the combustor volume can be estimated, completing the general sizing
procedure. Typically, a diffuser is employed to slow down the flow to optimal combustion veloc-
ities before entering the primary zone. This section needs to be sized as well before proceeding
with the cooling flow calculations. However, the treatise so far presented is enough to gain suffi-
cient insight on the variation of the burner main dimensions as function of thermodynamic and
inlet flow requirements. Figure 2.10 is reported to show main combustor parameters employed
in the analysis.

Figure 2.10: Main combustor geometrical parameters, adapted from [70]

Combustor off-design

A simple model to account for combustor efficiency and pressure loss variation as response of off-
design flow characteristics is discussed in [55, 56]. It is common to have combustor efficiencies
near 100% at design, however, at part load near idle and at very high altitudes, the burner
efficiency can deviate noticeably from the design value. A useful parameter that relates efficiency
with combustor geometry is the θ-parameter presented in equation 2.42. For the off-design
analysis, the two previously mentioned references introduce the so called Ω-parameter (burner
loading), whose definition has been reported below.

Ω “
9m3

P 1.8
03 exppT03{300qVbrn

(2.44)

The burner loading represent the inverse of the θ-parameter, although they have been defined
in a slightly different manner between the different references. The exact definition used in each
cited reference has been reported and used in this treatise. Figure 2.11 reports the combustor
efficiency change as function of burner loading for different engine settings.
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Figure 2.11: Combustor efficiency variation as function of burner loading [56]∗

As visible in the figure, a logarithmic relation can well approximate the efficiency variation
for different burner loading values. Equation 2.45 has been reported in references [55, 56] to
accomplish this task. The part load constant b is normally set to 1.6, however it can be adjusted
as shown in [56],

log p1´ ηq “ log p1´ ηdesq ` b ¨ log

ˆ

Ω

Ωdes

˙

(2.45)

The total pressure losses in combustor systems are caused by two mechanisms: friction
losses (cold losses) and heat addiction losses (hot losses). The latter term can be neglected in
conventional burners since its influence on the overall pressure losses in considerably less than
the cold losses [74]. For this reason, the combustor can be idealized as a duct [55, 56]. Therefore,
the overall pressure losses can be associated with the off-design combustor inlet corrected mass
flow variation, by means of equation 2.46.

∆P3´4

P3
´

∆P3´4

P3

¯

des

“

»

–

9m3
?
RT03

P03
´

9m3
?
RT03

P03

¯

des

fi

fl

2

(2.46)

Full combustor loss models are beyond the scope of this work. Nonetheless, complete models
can be found in [78, 79]. The impact of hot losses has been properly quantified in the cited
papers, giving further justification to the previously presented approach.

2.4 Weight Modeling

The purpose of this section is to identify weight models that are suitable for the scope of this
work. According to reference [80], two approaches can be followed to preliminary assess the
engine overall weight: a “whole engine based” and a “component based” approach. The former

∗Original reference: H.G. Münzberg, J. Kurzke, Gasturbinen - Betriebsverhalten und Optimierung,Springer-
Verlag Berlin Heidelberg New York, 1977
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leads to the definition of simple weight correlations solely function of main engine parameters
such as: mass flow, thrust, OPR and BPR (for turbofan engines), etc. A good summary of the
currently available methods that enter this category can be found in [80]. Statistical methods
can also be employed for a preliminary overall engine weight assessment [81]. Unfortunately,
most of these methods have been developed for turbojet and turbofan engines only, which makes
them consequently inapplicable to this case. Head [31] reports a simple relation developed by
Berner∗ and Benguedouar [82], that seems to be more generally applicable to turbo-generators.
An adapted version of the original equation to small/micro recuperated gas turbines is also
provided.

Advantage of this first approach can be identified in the simplicity of these methods. In fact,
a limited amount of data is a priori needed to apply these correlations. However, by means of
these models, it becomes difficult to properly assess the effects that different thermodynamic
inputs have on engine weight and size. Thus, making this approach unsuitable for the optimiza-
tion and the objectives of this thesis. Furthermore, these techniques have been developed for
conventional cycle architectures. Corrections have to be made to account for the introduction
of heat exchangers [31]. Therefore, at the current status, they are certainly not suitable for a
semi-closed cycles analysis.

A “component based” weight model represents the solution in agreement with the thesis
objectives. The goal of this part of the literature review was to identify component based
models that can meet the requirements of this work and that are compatible with the previously
discussed component performance models. Detailed discussion on this topic is reported below.
Models for compressors, heat exchangers, combustor, turbines, shaft, gearbox and accessories
will be treated, showing the reasoning behind the choices made.

2.4.1 Component Based Model

A simplified component weight model has been reported in reference [14]. This model calculates
the weight of individual components by means of simple scaling relations from existing reference
component data. Scaling relations have been defined in the ERAST design program for all the
components investigated in this thesis, and reasonable weight data can be obtained as shown
in the reference quoted. However, similar problems discussed for the performance model can
be identified here. Additionally, the ERAST models assume the availability of detailed weight
reference data, which are absent at this stage.

A detailed component based model has been created by NASA in the 1979 [83], resulting into
the computer program called WATE (Weight Analysis of Turbine Engines) applicable to large
and small gas turbines. Radial and axial turbomachinery weight can also be assessed by means
of this model. Subsequent releases of the program have improved the weight prediction for small
gas turbines [84]. More recent component based engine models can be found in reference [80],
with particularly focus on turbofan and geared turbofan engines, and reference [85], suitable for
micro gas turbines. Both these models are not directly applicable in this thesis work. However,
they constitute good references for some component weight estimation.

Below, the overall engine weight is broken down into the individual components analyzed
within this work. Detailed information on currently available weight modeling techniques are
provided. In this phase, it was important to identify models compatible with the theory de-
veloped in the performance sections and capable of satisfying the requirements of this thesis.

∗Original reference: J. K. Berner, Space Power Conversion Systems Using a Modified Ericsson Cycle with
Turbomachinery, MS Thesis, MIT, 1985
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2.4.2 Compressor and Turbine

Typical radial compressor and turbine preliminary weight assessment models relate the overall
compressor weight to the impeller characteristic tip dimension (r2). In the Onat and Klees
version of the WATE model [83], the whole turbomachinery weight scales with r2 by means of
a cubic exponent (WC,T 9 r3

2). Different coefficients are used for compressors and turbines to
model the typical material employed. Equations 2.47 and 2.48 are valid for titanium centrifugal
compressors and steel radial turbines.

WC “
1

13.1
¨ r3

2 (2.47)

WT “
1

5
¨ r3

2 (2.48)

In the previous equations, the radius value is expressed in inches and the calculated weight
in pounds. Rodgers [64], argued that a better weight approximation is given for an exponent of
5/2 or even quadratic, depending on the engine power range under consideration. However, no
clear indication is provided on the relation between the exponent value and the power level.

Hale [84], splits compressor and turbine overall weight into the sum of blade, disk and
shroud. A diffuser weight model was developed for compressors only. The blade weight has
been calculated assuming the flow path to be comprised between two ellipses and a shroud blade
thickness (ttip) of 0.076 cm and the hub blade thickness according to equation 2.49, resulting in
15% blockage. The same assumptions have been made for compressor and turbine blade volume
calculations.

thub “ 0.15

ˆ

2πr1h

ZB

˙

(2.49)

The ratio between axial length to radial height (DA{DR) is assumed to be equal to 2.0 for
compressors and 2.1 for turbines. Figure 2.12 has been added to provide visual explanation
of the previously mentioned parameters. In the figure, r1 has to be substituted by r3 for the
turbine model.

Figure 2.12: Centrifugal compressor - radial turbine impeller schematic [84]

Once the blade volume is available, the blade weight can be computed by multiplying it by the
density of the chosen material. The disk volume is sized through a preliminary design iterative
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procedure that ensures enough blades support for minimum weight. Just a brief description is
provided in [84], which is not sufficient to recreate the whole model. Assumptions will have to
be made to consider this aspect. Equations 2.50 and 2.51 are provided to calculate compressor
and turbine shroud weight contributions respectively [84].

WC,sh “ 0.1673ρ

ˆ

r1s ` r2

2

˙3

(2.50)

and

WT ,sh “ 0.1755ρ

ˆ

r3s ` r2

2

˙3

(2.51)

Finally, the compressor diffuser weight can be computed from: Wdiff “ 0.2845ρr3
2. Reference

[83] provides simplified relations to account for centrifugal compressor housing and turbine exit
frame. The former weight contribution can be calculated by means of equation 2.52. The latter
element is necessary in small turbines to support the turbine bearing and its weight can be
computed using equation 2.53. British units have to be used in these equations, hence, Lax and
r2 must be defined in feet.

WC,case “ 163 ¨ Lax ¨ r2 (2.52)

WT ,frame “ 55.5 ¨ r2
2 ` 6.53 (2.53)

2.4.3 Heat Exchangers

The WATE model presents a section dedicated to the heat exchanger weight characterization.
The approach presented in references [83, 84] is applicable to rotary and fixed-tube heat exchang-
ers. However, this models assumes sufficient geometrical knowledge which would be unavailable
from the performance model illustrated previously. The objective of this section was to identify
a model capable of generally linking heat exchanger performance characteristics. As previously
explained, specific heat exchangers have to be designed considering mission requirements and en-
gine geometrical constraints. Therefore, at this stage it is not possible to define a more advanced
approach than this.

Support can be found in the theory previously presented in section 2.3.2. Distinction has to
be made for heat exchangers employed as intercooler or as recuperator. Starting from this last
element, McDonald [2] relates the recuperator volume to cycle thermodynamic parameters by
means of equation 2.33. Reference [31] employs the previously mentioned relation to develop
a preliminary weight scaling relation that can be used without extensive knowledge on heat
exchanger geometry. A similar approach has been reported in references [18, 64]. Equation 2.54
can be used to preliminary define a weight trend for the recuperator.
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A similar relation can be derived from [16, 18] for the intercooler (equation 2.55). In the
formula, Pmean represents the arithmetic mean between hot and cold side heat exchanger inlet
pressures.
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Reference [18], provides sufficient reference data that can be used in equations 2.54 and 2.55
to preliminarily assess the weight of a generic heat exchanger matrix. Table 2.3 summarized the
available reference data to get a preliminary numerical value. Bear in mind that the intent of this
treatise is not to provide exact absolute weight values, but to reasonably link the thermodynamics
to heat exchangers weight trends to perform the weight optimization in a coherent way.

Table 2.3: Intercooler and recuperator reference data from [17]

9mref ΠC,ref Pmean,ref εref p∆P{Pqref Wref

IC 3.6 lb/s - 29.392 psi 0.80 0.04 190 lb

RC 3.6 lb/s 13.2 - 0.84 0.05 237 lb

2.4.4 Combustor

A suitable combustor weight model has been identified in the treatise presented in reference
[83, 84]. In the WATE approach, the overall combustor weight has been split into liner, case and
dome contributions. Liner and case are modeled as ducts, while the dome weight is calculated
by means of equation 2.58, originally developed in [86] and reported in [83, 84]. Figure 2.13
reports a useful schematic showing important burner parameters used in the weight model.

Figure 2.13: Burner duct model schematic [83, 84]

The liner and case wall thickness are determined from the equation for stress in a longitudinal
section of a thin cylinder subjected to internal pressure (equation 2.56). The assumed material
is stainless steel with an allowable stress level of 483 MPa. With this data, equation 2.56 can
be solved for the wall minimum thickness tmin,i and tmin,o. A minimum gage thickness of 0.127
cm is a suggested assumption for the combustor case, while, for the combustor liner 0.140 cm is
recommended [84].

σ “
PD

2t
(2.56)

Equation 2.57 is employed to calculate both liner and case weight; where, Di and Do are
respectively the combustor inner and outer diameter (see Figure 2.14) and L is the length of the
liner or case.

WB,case´liner “ ρπL pDotmin,o `Ditmin,iq (2.57)

Finally, the combustor weight can be established by adding the dome weight, estimated
according to the following relation. The term Wdome is representative of the following individual
weight contributions: burner dome, fuel manifold, fuel nozzles and other fuel system components.

Wdome “ 0.0106pR2
o ´R

2
i q (2.58)

Note that in the previous equation the coefficient 0.0106 is expressed in lb/in3. Units con-
sistency has to be maintained in the employment of equation 2.58. The illustrated combustor
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model is compatible with the burner performance modeling technique, presented in section 2.3.3.
Moreover, it is applicable to any combustor configuration, because the difference between each
type is embedded in the input definition. Figure 2.14 has been added to conclude this section,
showing previously discussed inputs referred to a combustor general schematic.

Figure 2.14: Burner wight model parameters schematic [83, 84]

2.4.5 Shafts

The shaft element is the power connection component between compressors, turbines and pro-
peller. For the current project, the preliminary sizing technique introduced in [83, 84] has been
found satisfactory. The shaft element is assumed to be a cylinder, with Di and Do respectively
the inner and outer shaft diameters, as shown in Figure 2.15 reported below.

Figure 2.15: Shaft schematic [83, 84]

Shaft dimensions are determined from consideration on the transmitted torque and maximum
allowable stress. The torque is calculated from the total power output produced by every turbine
element connected to the shaft. The shear stress due to torque load can be calculated by means
of equation 2.59, [83, 84]. The following formula can be solved for Do assuming the shaft material
and Di known.

τ “
16TDo

π
`

D4
o ´D

4
i

˘ (2.59)

Finally, the overall shaft weight can be calculated by means of the following equation:
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(2.60)

Concentric multiple shaft configurations can also be sized, assuming a clearance of 0.381 cm
between the inner and outer shafts [83, 84]. As pointed out in the references, the calculated shaft
weight should be considered as the absolute minimum required. In fact, other considerations,
rather than solely torque aspects, normally determine the final shaft sizing. In particular, shaft
critical speed and longitudinal stiffness more likely determine the shaft inner and outer diameters.
However, these aspects are function of bearing arrangements, mount stiffness and location of
the rotating masses, which can only be considered in a detailed design phase. Therefore, the
technique discussed so far has been considered appropriated for the current project objectives.

2.4.6 Gearbox and Accessories

The goal of this section is to identify of simple models to predict the weight of gearbox and
accessories as function of the relevant thermodynamic parameters. For this project, the gearbox
weight includes only the contribution of the reduction element between the main shaft and the
thrust element (propeller). The accessories block includes all the remaining weight contributions
belonging the gas turbine block, since only this section is object of the study.

Gearbox Different arrangements have been developed for aviation gearboxes. Minimum
weight requirements and high reliability are main design requirements, in particular for tur-
boprop engines, where a high reduction ratio is needed [87]. A simple method for estimating the
gearbox weight contribution has been proposed by NASA [83], after elaboration of the extensive
work presented in [88]. This lead to equation 2.61, generally applicable to the typical gear sets
used in aviation.

Wgear “ 324

ˆ

SHP

RPMsh

˙0.80

(2.61)

Where SHP is the input shaft power and RPMsh is the input rotational speed. Similar
relation can be found in references [14, 84]. Note that equation 2.61 has been developed in British
units. Although, the detailed design of a gearbox is outside the scope of this thesis work, equation
2.61 has been found too simplistic. Reference [87] proposes a method applicable in preliminary
design stages to estimate the weight of different gear systems that meet the same transmitted
power and strength propriety requirements. Spur, helical and planetary gear configurations
can be addressed. According to [89], the employment of epicyclic gearbox configuration, with
a single output gear and multiple input pinions, ensures the maximum power capacity with
minimum size and weight gearboxes. For this reasons planetary gearboxes are commonly used
in turboshaft and turboprop engines [80, 90]. Therefore, in the following, more focus is dedicated
to this last configuration. Reference [91] presents this methodology applied to all the common
aviation gearbox arrangements reported in Figure 2.16.
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Figure 2.16: Typical aviation gearbox arrangements [91]

As reported in [87], the gearbox weight can be calculated as: Wgear “ ρCM ; where, C is the
volume factor, defined according to equation 2.62, and M is the gearbox weight factor, which is
function of the gearbox arrangement and relevant design parameters.

C “
2T

K
(2.62)

T is the torque transmitted through the gearbox and K is a constant which assumes values
between 200 lb/in3 and 600 lb/in3. The former value is normally assumed, which leads to more
conservative higher mass values [91]. However, reference [80] suggests that correction factor (K)
value might have to be adapted according to specific cases. For planetary gearboxes, the weight
factor M can be calculated by means of the following relation:

M “
1

b
`

1

bms
`ms `m

2
s `

0.4 pM0 ´ 1q2

bms
`

0.4 pM0 ´ 1q2

b
(2.63)

Where M0 is the overall gearbox ratio, b is the number of planets in the epicyclic gearbox
system and ms represents the ratio between planet gears and sun pinion. The following relation
holds for planetary gearboxes between M0 and ms: ms “M0{2´1. Equation 2.63 can be solved
for minimum weight by differentiating with respect to ms, leading to the following equation:

2m3
s `m

2
s “

0.4 pM0 ´ 1q2 ` 1

b
(2.64)

41



With these equations, the gearbox weight can be calculated for a specified value of b. Lolis
[80] reports a relation that can be employed to estimate the optimal number of planets (equa-
tion 2.66). As mentioned, similar methodology can be employed for different gearbox types.
Specialized definition of the gearbox weight factor can be found in reference [91].

b “
16.3677

3 sin´1

ˆ

M0 ´ 1

M0 ` 1

˙

1.1736

(2.65)

Accessories As reported in reference [84], it is difficult to develop a correlation for individual
accessories weight. Therefore, starter/generator, hydraulic pump, oil and fuel pumps have been
lumped together into a single correlation. Equation 2.66 can be employed to account for this
contribution. If the results of this calculation is less then 10% of the total engine bare weight
(Wbare), then this last value should be employed instead for a better approximation.

Wacc “ 18.2` 0.02 ˚Wbare (2.66)

For the semi-closed cycle model, a weight model for mixer and splitter elements should
be addressed. The WATE model reports a modeling technique for daisy mixer type, which is
typical in mixed turbofan configurations. For this work, an individual model for mixer and
splitter has not been investigated and their weight has been embedded in the ducting system
and characterized within the accessories.
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CHAPTER3

Thermodynamic Cycle

3.1 Introduction

The thermodynamic analysis of a semi-closed cycle represents a particular challenge with respect
to conventional open cycles. Several iterations are necessary to solve the thermodynamic cycle
in design and off-design. The aid of a computer program is almost necessary to properly perform
the analysis. Although numerous software are available to support the thermodynamic engine
modeling, their capability of simulating engine arrangements with recirculation has to be verified.

Reference [12] reports a brief summary of commonly employed thermodynamic numerical
tools, indicating that NPSS (Numerical Propulsion System Simulation) is suitable for such
unconventional analysis. The program allows for an almost complete user customization, giving
also the possibility of defining novelty engine concepts such as semi-closed cycles. Hence, NPSS
is the selected tool of this project.

This chapter briefly presents NPSS, showing the cycle implementation, the component ther-
modynamic modeling and solver logic. Subsequently, the focus is dedicated to the numerical
implementation of the engine arrangements included in this work, with complete description on
the thermodynamic implementation and solver settings.

3.2 NPSS Program Overview

NPSS is an object-oriented environment realized by the NASA Glenn Research Center in coop-
eration with the U.S. aeropropulsion industry and the Department of Defence. The standard
program includes a modified Newton-Raphson solver and a set of standard engine component
libraries (Elements), fluid proprieties tables (ThermoPackages) and fluid/shaft linking ports
(Fluid/Shaft Ports), built in C++language.

The thermodynamic engine model is created though standard text editors, where the user
defines the Elements required to build the engine and their fluid and/or shaft Port links. More-
over, the user has to specify the fluid proprieties and the set of equations that the numerical
solver uses to model the engine cycle. Design and off-design steady state as well as transient
problems can be defined within the NPSS environment, although only the first two aspects have
been considered in this project.

Figure 3.1 has been extracted from the NPSS user guide [92], showing a schematic of a
conventional engine model realized within the NPSS logic. Elements, Ports & Links and Solver
are the main NPSS building blocks and they will be treated with more detail in the following
paragraphs. Since the scope of this section is to provide only a general overview of the program,
the reader is referred to [92–95] for more information.
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Figure 3.1: Typical NPSS modeling logic of conventional gas turbines [92]

3.2.1 Elements in NPSS

Elements are the main engine cycle building blocks in NPSS. Since the program is an object
oriented platform, elements are defined as global classes that the user can use and link to build
the desire engine model. Every element has an internal input and output port which is used to
automatically pass data from the previous element to the subsequent. Typically fluid data are
transmitted between these building blocks such as: mass flow, temperature, pressure, etc, using
“Fluid Ports”. Some elements are mechanically connected together (compressor, shaft, turbine
and propeller elements); in these cases, mechanical proprieties are also provided by means of
“Shaft Ports”.

External inputs are passed to the corresponding element when the whole cycle model is
generated. A complete list of standard elements, with detailed description on necessary input
and output for the NPSS version used within this project, is available in the NPSS air breathing
reference sheet [93]. Moreover, complex elements such as compressors, turbines, combustors, etc.,
have the possibility of performing internal calculations using tables, functions or pre-built solvers.
The advantage of the component library built in NPSS is the possibility of fully customizing and
modifying existing elements, or generating complete new elements. This aspect makes NPSS
perfectly suitable for the objectives and the cycle architectures belonging to this thesis work.

The following main NPSS standard building blocks have been used in this project: “Ambi-
ent”, “FlowStart”, “FlowEnd”, “Inlet”, “Compressor”, “Heat Exchanger”, “Combustor”, “Tur-
bine”, “Nozzle”, “Propeller” and “Shaft”. “Mixer” and “Splitter” elements have been required
for the semi-closed cycle arrangement. A brief description of these elements is reported below,
showing, where necessary, the modifications and assumptions made to improve the design and
off-design performance modeling aspects.

Ambient

Ambient is a standalone element which determines the free stream flow conditions. An internal
solver is available to calculate the fluid proprieties at the selected flight operating point. Dif-
ferent atmospheric models are available, including models for humid air. For this project, the
international standard atmosphere model has been chosen and dry air has been assumed with
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no temperature variations from the standard sea level conditions (dTs “ 0). The design flight
condition has been set as for the ERAST program [14], see Table 3.1.

Table 3.1: Engine design ambient flight condition

Alt 90000 ft

M 0.40

dTs 0.00

FlowStart - FlowEnd

The FlowStart block is a particular element which features only a flow output port. It is used to
define the flow characteristics at the inlet of elements not connected on both sides to others, see
Figure 3.1. Three types of FlowStart elements are available in NPSS: “InletStart”, “FlowStart”
and “FuelStart”. InletStart connects elements that require information on the free stream flow
conditions calculated within the Ambient element. FlowStart and FuelStart are general block
that provide user defined input flow and fuel proprieties to subsequent elements respectively.

The FlowEnd element is used to terminate a flow sequence. It possesses only an input port
and it is necessary to tell the solver where to terminate the engine flow sequence. The FlowStart
and FlowEnd element combination is extremely important to model the thermodynamics of
recuperated engines and semi-closed cycles as will be explained in section 3.3.

Inlet

This element evaluates the performance of a standard inlet component. The user may specify an
inlet pressure drop based on ram recovery [93]. Considering the unconventional engine working
environment, a complex inlet design might be necessary to provide the engine with the required
mass flow with minimal losses in total pressure. Since a detailed inlet model goes beyond the
objective of this work, a simplified model has been employed to preliminary estimate a pressure
loss value.

Reference [96], reports typical inlet performance maps for different subsonic and supersonic
inlet geometries. Pitot inlets are conventionally employed for subsonic flows, exhibiting almost
an ideal total pressure recovery along the flight envelope. Experimental data given in [96], which
directly correlates the pressure recovery factor with the flight Mach number, have been used for
preliminary inlet performance characterization. Figure 3.2 reports a typical subsonic inlet map
that has been imported in NPSS. Similar approach has been also followed in reference [97].

Compressor

The compressor element performs complex calculations to ensure proper matching with the
turbine element. In design, the block requires information on pressure ratio (Π), total to total
stage efficiency (ηS) and design rotational speed (N). The element allows the user to import
a compressor reference map for off-design analysis, which is automatically scaled to the given
design point by means of equations 2.28, 2.29 and 2.30. Component maps employed within this
project are reported in section 4.2.3.

Apart from conventional input and output fluid ports, the compressor element features an
output shaft port to ensure the mechanical connection to shaft and turbine elements. In addition,
a bleed port is pre-defined in the component for modeling compressor interstage bleeding.

Heat Exchanger

The heat exchanger element performs heat transfer calculations between two working fluid
streams for a given total heat flow ( 9q) or a specified effectiveness (ε), [61]. This second running
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Figure 3.2: Typical subsonic inlet pressure recovery map as
function of flight Mach number [96, 97]

option has been preferred, as ε is directly related to HEX performance and size (section 2.3.2).
Hot and cold side pressure losses are provided by the user or can be calculated from a given
heat exchanger map. Since a component map is not available at this stage, the standard heat
exchanger element has been modified to include the off-design modeling relation for intercooler
and recuperator effectiveness and pressure losses: equations 2.37 and 2.38, and equations 2.34,
2.35 and 2.36, respectively.

The intercooler cold side mass flow ( 9mIC,c) has to be a priori defined to perform the heat
transfer calculations. This choice has a strong influence not only on the overall intercooler
dimensions, but also on the inlet ducting system necessary to supply the required cooling flow,
consequently affecting the overall engine drag. Therefore, the selection of 9mIC,c is a trade-off
solution between heat transfer performance and HEX size, which is not solely dependent on
engine aspects. For this reason, the simplifying assumption of considering the amount of the
cold side mass flow rate slightly higher than the hot side (nominally 5% higher) has been used
in this project, similarly to the ERAST study [14].

Combustor

The element performs combustion calculations to establish exit gas proprieties from a given fuel
and air inlet flows. The combustor element can be run at constant fuel mass flow ( 9mfuel), fuel to
air ratio (FAR) or burner exit temperature, depending on user preferences. A standard input set
has to be provided to model the combustor design point and the fuel proprieties. Table 3.2 lists
the burner input parameters kept constant in this project, independent of engine arrangement
and cycle type.

Table 3.2: Combustor standard input data provided

LHV 18400 BTU/lb

p∆P {P qB 0.06

ηB 0.983

9qloss 0.00

Where LHV is the fuel low heat value, set to 18400 BTU/lb (42798.4 kJ/kg) assuming the
ASTM-A-1 fuel type [98]. p∆P {P qB is the burner overall pressure losses and the selected value
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is indicated for annular combustor geometries [70, 74]. The burner efficiency (ηB) has been
assumed from the ERAST program [14]. No parasitic heat losses ( 9qloss) have been considered for
simplicity. Equations 2.45 and 2.46 have been implemented to model the combustor efficiency
and pressure loss change in off-design mode.

Finally, the burner exit mixture gas proprieties are defined according to the selected thermo-
dynamic package (ThemoPackage). Different ThemoPackages are available, depending on the
modeling accuracy and complexity required by the user. A brief summary is reported below,
giving reasoning behind the choice made. Complete NPSS ThermoPackage documentation can
be found in [94].

NPSS ThermoPackages The highest fidelity model is represented by the NASA computer
program CEA (Chemical Equilibrium with Applications). This ThermoPackage determines
thermodynamic and transport proprieties of the product mixture by calculating the chemical
equilibrium product concentrations from any set of user specified reactants. The program theo-
retical background is available in references [99, 100]. As reported in reference [101], significant
drawbacks of CEA are constituted by the high computational cost and stability issues. An alter-
native ThermoPackage is called “Janaf” which, similarly to CEA, solves the chemical equilibrium
but with a fixed number of reactants, thus reducing the numerical effort [94].

Alternatively, burner exit fluid proprieties can be gathered using the gas table database
available in “GasTbl” or “allFuel” ThemoPackages for minimal computational cost. The former
package is indicated for standard mixture of air, water vapour and JP-class fuel, while the latter
contains models for other fuel types [94]. Since a detailed combustor chemical study is beyond
the scope of this work, this last approach has been employed in this project to improve numerical
stability and reduce running time. Hence, the “GasTbl” package has been selected.

GasTbl The gas mixture exit proprieties are calculated with the assumption of complete com-
bustion and ASTM-A-1 as fuel. Conventional NPSS gas tables are based on air composition of
21% oxygen and 79% atmospheric nitrogen, by volume. Using the following combustion reac-
tion, the overall gas proprieties are calculated from the mole weighted average of the individual
output species proprieties, considered solely dependent on temperature [94].

CxHy `

”

x`
y

4

ı

pO2 ` 3.7642N2q ÝÝÑ xCO2 `
y

2
H2O` 3.7642

”

x`
y

4

ı

N2 (3.1)

As reported in reference [94], chemical dissociation is very likely to occur for gas temperatures
above 2000˝R („1110K). Hence, the simple combustion model based on equation 3.1 cannot be
as accurate. NPSS includes an improved set of tables which results from a more accurate
description of the air composition (78.0840% N2, 20.9476% O2, 0.9340% Ar, 0.0314% CO2 and
0.0030% Ne, by volume) and considers only the most common product species: N2, H2O, O2,
CO2, Ar, Ne, H, O, OH and CO [94]. This model represents a good and quicker alternative to
“Janaf” and it has been used in this project.

Turbine

The turbine element behaves similarly to the compressor. It requires the definition of the
component total to total efficiency and rotational speed. The solver must ensure the compressor-
turbine power matching by typically varying the pressure drop across this element. The reader
is referred to the solver setup section for more information (section 3.2.3). A component map
has to be provided for off-design calculations. The program automatically scales the given map
using similar equation to the compressor case. Section 4.3.3 reports the baseline turbine maps
employed within this study.

Beside a standard fluid input/output port, the turbine features a Shaft port for modeling
the the mechanical connection with the compressor. In addition, a pre-built interstage bleed
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port to model the turbine cooling flow is available. More information are provided in the Ports
& Links section.

Nozzle

The nozzle element allows for the performance evaluation of simply convergent or convergent-
divergent nozzles. The element requires information on free flow stream static pressure, given
by “Ambient”, and, the design nozzle pressure ratio has to be specified to size the nozzle. A
simply convergent nozzle has been selected and modeled as ideal with fixed geometry.

Propeller

NPSS provides a simple built-in propeller element, which calculates propeller performance, size
and gear ratio for a given design input shaft power ( 9Wdes), design power load ( 9Wload,des) and
design tip rotational speed (Utip,des). The element allows the implementation of maps to assess
the propeller performance in off-design condition.

During the ERAST program [14], a detailed propeller design has been necessary to establish
baseline propeller models suitable for the particular engine operating environment. However,
since the focus of this work is concentrated only on the gas turbine block, the propeller has been
simplified and modeled as a pure load element. In design, the gearbox ratio has been calculated
assuming the ERAST baseline propeller data and using the standard NPSS propeller element.
The design propeller data employed are tabulated in Table 3.3. In off-design, the propeller
entirely absorbs the engine power output without losses or consideration on the aircraft thrust
requirements. The part power analysis is conducted for an engine output power ( 9W ) of 75%,
50% and 25% of the design power output.

Table 3.3: List of NPSS input propeller data used in this project [14]

9Wdes 300 hp (223.7 kW)
9Wload,des 1.35 hp/ft2 („10.8 kW/m2)

Utip,des 785 ft/s (239.3 m/s)
9W 9Wdes ¨ r0.75, 0.50, 0.25s

Shaft

The shaft element defines the mechanical connection between the rotating elements, ensuring
the power balance between all the connected components. A single shaft architecture has been
selected for every cycle arrangement to minimize the overall engine complexity and weight,
ensuring an equivalent cycle comparison with the Coleman engine model presented in [14].

Mixer

The mixer element is used in the semi-closed cycle architectures to model the mixing between
the primary flow and the feedback flow rate. Conservation of energy, continuity and momentum
is used in the NPSS mixer model [93]. The user has to define the Mach number of the mixer
primary stream (M1,mix) which is used, in design, to calculate the main stream entrance area.
The secondary flow area is obtained from the element internal solver, which iteratively modifies
the second stream inlet Mach number (M2,mix) until the static pressure matches at the element
inlet. From continuity, the outlet area is calculated. In off-design, the determined design flow
areas are held constant (constant area mixer). The static pressure matching has to be ensured
from an external solver, while the matching Mach number is calculated within the mixer element.
The off-design mixer solver settings are discussed in section 3.3.2.
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Splitter

The splitter elements allows for the separation of the main stream into two sub-streams with
equal characteristics. Pressure losses can be applied independently on each output fluid port.
This element is used in combination with the mixer element to entirely model the semi-closed
cycle recirculation. The splitter bypass ratio (BPR) variable is defined as:

BPR “
9m2,split

9m1,split
(3.2)

where 9m1,split and 9m2,split are the first and second splitter output streams respectively. For
this project, the 9m2,split is the amount of mass flow recirculated in closed loop of the semi-closed
cycle, while, 9m1,split is the amount of air exhausted. Leading to the definition of the feedback
flow ratio as: BPR “ FFR, in agreement with reference [14]. A constant pressure drop of
2% has been imposed on the splitter output steams to account for losses due to the additional
plumbing system not present in the conventional open cycle arrangement [14].

3.2.2 Ports & Links

As explained previously, three port types are available in NPSS: Fluid, Shaft and Bleed ports.
Every main element used in this project, with the exception of “Ambient”, possesses at least
one fluid port. Built-in NPSS functions are used to define the flow path between each element,
starting with a FlowStart element type and terminating with a FlowEnd. Similarly, elements
that are mechanically connected by means of a shaft, possess mechanical ports that have to be
linked together. Since a single shaft model has been employed here, compressors, turbines and
propeller are connected together via ports to a single shaft element.

More delicate considerations are needed regarding the bleed ports, since this aspect has been
used to model the turbine cooling requirements and to construct a simple turbine cooling model
in NPSS. The following paragraph explains in detail the Bleed ports settings for compressors
and turbines, while information on the loss model is reported in section 3.4.

Bleed Ports

The bleed ports considered in this work are the interstage bleed port available in the compressor
and turbine element. Starting from the compressor element, this component bleed port allows
to extract a certain fraction of the compressed flow (ξ “ 9mbld{ 9m) at a specified total pressure
rise fraction (ζC) defined as:

ζC “
P0,bld ´ P01

P04 ´ P01
(3.3)

where P0,bld is the total pressure at the bleed extraction point. From equation 3.3 results
that if ζC “ 0 the bleed air is extracted at the compressor inlet, else if ζC “ 1 at the outlet.

The turbine possesses a similar interstage bleed port which allows for the cooling flow mod-
eling. The turbine bleed inlet point location is established by means of ζT , defined according
to equation 3.4. A value of 1 implies that the flow is introduced at the turbine inlet, 0 at the
turbine outlet.

ζT “
P0,bld ´ P03

P00 ´ P03
(3.4)

The bleed flow coupling between compressor and turbine is made using standard NPSS fluid
linking functions as for a normal element to element connection. More information can be found
in references [92, 93].
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3.2.3 NPSS Numerical Solver

The NPSS solver is responsible of the engine model convergence, by solving the set equations
provided by the user. The NPSS solver is based on modified Newton-Raphson method, which
iteratively solves the given equations until a pre-defined tolerance is satisfied.

Detailed mathematical aspects on the numerical solver are beyond the scope of this section.
A brief explanation is hereby provided with focus on those aspects directly related to the project
implementation. More details on NPSS numerical aspects can be found in references [12, 92, 97].

Solver Description

The equations are defined in NPSS by means of the so called Dependent variables. A dependent
variable is constituted by two main parameters which define the left and the right hand sides
of the equation: Eqlhs and Eqrhs respectively. These terms must yield to a real number and are
used to define the solver iteration error in fractional term as follows:

Error “
Eqlhs ´ Eqrhs

Eqref
(3.5)

where Eqref is the equation reference variable. The solver requires an equal number of
Independent variables that are iteratively modified to reduce the Dependent variable error to
a certain tolerance, which has been set to 10´6 for design point calculations and 10´4 for off-
design, due to the augmented complexity of the problem. An initial guess is embedded within
the independent variable to start the iteration. The remaining solver settings that can be defined
throughout these variables have been left as default [92].

NPSS features a function called autoSolverSetup() which automatically adds Dependent and
Independent variables to the solver, as function of the elements employed in the engine model
to ensure the turbomachinery mechanical matching in design and off-design analysis. Due to
the complexity of the engine models treated in this project, additional equations must be added
manually to the solver, to properly model the engine. This aspect is treated in detail for each
engine arrangement in section 3.3.

In addition, NPSS allows for the definition of constraints which can be used to affect the
solver independent variable change during the iterations. Constraints are defined similarly to
Dependent and have to be manually added to the solver [92].

The default maximum number of iterations allowed before reaching convergence has been
modified with respect to default settings. In particular, more iterations have been found nec-
essary to solve the thermodynamics of semi-closed cycles, having negative impact on algorithm
speed. A maximum number of iterations of 1000 and a maximum Jacobian generation of 500
has been used in this analysis.

Solver Output

As observed in reference [97], there are mainly two reasons that can negatively affect the solver
convergence: (1) No feasible solution can be obtained for the given flight conditions and in-
dependent variable guessing points, and (2) the solver fails to achieve the tolerance provided,
getting stuck into an infinite loop as results of discontinuities, such as those generated in the
discrete definition of the component performance maps.

This second aspect becomes particularly critical if NPSS is coupled with an external op-
timizer, since it prevents the algorithm to continue the optimization. Moreover, due to the
random nature of the generic algorithm, it is virtually impossible to track the design vector
combination that causes this phenomenon to occur in the NPSS solver. It has been observed
that perturbing the guessing values defined within the Independent variables by a small amount,
might be sufficient to avoid the infinite loop problem. Therefore, an algorithm has been built
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in Matlab to improve the NPSS convergence problems during the optimization, based on the
suggestions given in reference [97]. A detailed explanation will be given in section 5.4.4.

Alternatively, if a converging solution has been found, a complete output file, showing in
detail the engine solved thermodynamics is given using the so called “Data Viewer(s)” block
visible in Figure 3.1. Modification has been made to the standard NPSS output file to include
the unconventional characteristics given by the semi-closed cycle.

3.3 Cycle Modeling

This part presents in detail the engine models created in NPSS for this project. Each engine
arrangement is constituted of four files: a .mdl file, which includes the engine fluid and mechan-
ical model, a .case file, providing all the solver settings for design and off-design analysis, a .inp
file, used to define the external input data required by the model and a .run file, necessary to
perform the whole cycle analysis.

The objective here is to show how the different NPSS elements presented in the previous
section have been linked together to build conventional open cycle and semi-closed cycle models.
Details on the solver setup are also given to facilitate the model replication for future studies.
Moreover, the thermodynamic variables that will be used in the engine optimization are hereby
introduced. Note, all the engine variables subsequently introduced are defined according to the
standard NPSS notation for a better model understanding.

3.3.1 Open Cycle Models

Recuperated and intercooled-recuperated open cycles have been implemented in NPSS. The
model schematic is reported in Figure 3.3 as defined in the .mdl file. To switch between the
simple recuperated and the intercooled-recuperated cycle is sufficient to set the heat flux in
the intercooler to null. Since a reasonable comparison between the different architectures is
desired, the open cycle engine model has to feature similar components and solver settings to
the ERAST model [14]. Therefore, the turbomachinery block has been modeled by means of a
pair of compressor and turbine elements connected with a single spool to the propeller element.

Figure 3.3: RC/ICR engine schematic as realized in NPSS (.mdl file)
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The previous figure shows how the conventional open cycle thermodynamic model has been
generated in NPSS using the previously discussed program features (Elements, Ports Links,
Solver). Since the NPSS solver needs to pre-process the whole engine model to define flow path
and stations from the inlet to the exhaust elements, each building block has to be initialized
when the solver passes through it [12]. In particular, the inlet flow conditions of the currently
analyzed element have to be known to allow the solver to calculate the exit conditions. Therefore,
elements that are not directly linked with a preceding one, necessitate a FlowStart element to
start the calculations. Similarly, a FlowEnd element is used to terminate the flow from a solver
perspective.

In traditional open cycle models, where recuperators are not used, the solver logically passes
throughout each element and no additional modeling considerations have to be made. However,
with the introduction of the recuperator, the solver expects this element to be fully initialized
when stepping through. Because the recuperator hot side is defined only after the HPT (see
Figure 3.3), this prevents the solver to complete its preliminary analysis, thus, precluding the
model correct execution.

Similarly to reference [12], this issue has been solved by using a FlowStart element to a priori
define the recuperator hot side inlet conditions. However, since the HPT flow exit properties
have to be identical to the recuperator hot side inlet, a numerical iteration has to be made
to satisfy this constraint. By means of a FlowEnd element at the end of the HPT and by
defining a particular set of Dependent and Independent variables, the solver ensures the flow
matching. Complete details on the solver setup for the RC/ICR engine are reported in the
following paragraph.

Finally, the shaft and bleed links have been presented in Figure 3.3 as well. Once the
mechanical link is defined, autoSolverSetup() ensures the proper solver settings for the design
and off-design mechanical coupling.

Solver Setup

Two similar sets of equations have to be provided to the NPSS solver to correctly model the
thermodynamic behavior of the engine in design and off-design. The objective of the gas turbine
is to produce a specified power output, given as input to the load/propeller element. The solver
acts on the provided Independent variables to ensure engine feasibility and power requirements,
by solving given Dependent conditions. The solver setup for design and off-design is presented
in the following paragraphs.

Design equations Starting from the cycle design modeling, the primary set of equations
has to ensure the engine mechanical and power consistency. In particular, the power produced
by the two turbines must be sufficient to satisfy the compressors and the propeller demand.
autoSolverSetup() automatically defines a dependent condition on the shaft net torque (trqNet)
and uses as independent variable the turbine pressure ratio (S map.ind PRbase).

Since two turbines are built on a single shaft, an additional equation has to be defined to
match the number of independent variables generated by the autoSolverSetup() function. A
condition of the turbine power split has been manually added to the solver, based on the exit
HPT total pressure (HPT.Fl O.Pt). In particular, HPT.Fl O.Pt has been set equal to a certain
percentage of the LPC exit pressure (HPT Pt ˚LPC.Fl O.Pt), where HPT Pt is the percentage
value, given as external input (see Tables 3.4 and 3.5).

Additionally, the fuel to air ratio has been changed to match a given turbine inlet tem-
perature (dep TITmax). As reported in [102], the nozzle pressure ratio (Noz.PR) must be
specified to determine the relative size of the engine core. As independent, the inlet mass flow
(InletStart.W in) is modified by the solver to satisfy the power demand. The remaining equation
list is related to the recuperator flow matching and it is separately discussed below.
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Recuperator equations The initial conditions given to the recuperator hot stream using the
FlowStart element are: total temperature (RC HotStart.Tt), total pressure (RC HotStart.Pt),
inlet mass flow (RC HotStart.W) and fuel to air ratio (RC HotStart.FAR). These parameters
are sufficient to fully define the flow station and must be equal to the calculated ones at the HPT
outlet. The whole set of equations used to define the solver design model is presented in Table
3.4 for Dependent and Table 3.5 for Independent variables, using the NPSS object oriented dot
notation [92, 93].

Table 3.4: RC/ICR solver dependent variables list in design mode

Dependent Name Dependent Eqlhs Dependent Eqrhs

Shaft.integrate Nmech trqNet 0.000

dep PowerSplit HPT.Fl O.Pt HPT Pt ˚ LPC.Fl O.Pt

dep TITmax Burn.Fl O.Tt T max

dep Noz PR Noz.PR NozPR

depR Pt RC HotStart.Pt HPTFlowEnd.Pt

depR Tt RC HotStart.Tt HPTFlowEnd.Tt

depR W RC HotStart.W HPTFlowEnd.W

depR FAR RC HotStart.FAR HPTFlowEnd.FAR

where T max and NozPR are the target variables for turbine inlet temperature and nozzle
pressure ratio provided by means of the .inp file as external inputs. The correspondent inde-
pendent variables list is reported below. “Independent varName” refers to the model variable
that has to be iteratively changed and “Independent indepRef” is a guess value given through
the .inp file or automatically set by the autoSolverSetup() function. A complete explanation of
the reference values is reported in a dedicated section later on.

Table 3.5: RC/ICR solver independent variables list in design mode

Independent Name Independent varName Independent indepRef

HPT.S map.ind PRbase PRbase PR HPT

LPT.S map.ind PRbase PRbase PR LPT

ind FAR Burn Burn.FAR FAR

ind WairIn InletStart.W in Wair

indR Pt RC HotStart.Pt Pt RC hot

indR Tt RC HotStart.Tt Tt RC hot

indR W RC HotStart.W Win RC hot

indR FAR RC HotStart.FAR FAR

Off-Design equations During off-design calculations, autoSolverSetup() generates all the
necessary equations to match compressors and turbines. In particular, the solver modifies the
compressor map running line (S map.ind RlineMap), the shaft rotational speed (ind Nmech) and
the turbine pressure ratio (S map.ind PRbase) to match the compressor and turbine corrected
inlet mass flow (Wc and Wp respectively) with the one calculated from the component maps
(WcCalc and WpCalc), and to obtain a null shaft net torque (as for design). Moreover, since
during the design the nozzle area has been sized, the calculated flow effective area (WqAE)
must match the value defined in design (WqAEdem). The engine inlet mass flow is used as
independent (InletStart.W in).

Since a singe shaft arrangement has been chosen in this work, an additional dependent and
independent correlation has to be added to define the power split between the two turbines, as
for the design case. Assuming a fixed turbine geometry, a constant turbine work split defined
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in terms of enthalpy drop percentage (%∆h) has been used as suggested in [14]. %∆h has been
defined according to the following relation.

%∆h “
∆hHPT

∆hHPT `∆hLPT
(3.6)

Equation 3.6 is used in design to calculate the enthalpy drop percentage (dHdes) and in
off-design to define iteratively the actual enthalpy drop percentage (dH). The solver modifies
independently the fuel to air ratio (FARind) to make sure that the turbine power split off-
design dependent condition is satisfied (dep dHper). Finally, the recuperator equations have
to be maintained unchanged in the off-design as well. Tables 3.6 and 3.7 summarize the entire
off-design dependent and independent variable list respectively.

Table 3.6: RC/ICR solver dependent variables list in off-design mode

Dependent Name Dependent Eqlhs Dependent Eqrhs

LPC.S map.dep errWc Wc WcCalc

HPC.S map.dep errWc Wc WcCalc

Shaft.integrate Nmech trqNet 0.000

HPT.S map.dep errWp Wp WpCalc

LPT.S map.dep errWp Wp WpCalc

Noz.dep Area WqAE WqAEdem

dep dHper dH dHdes

depR Pt RC HotStart.Pt HPTFlowEnd.Pt

depR Tt RC HotStart.Tt HPTFlowEnd.Tt

depR W RC HotStart.W HPTFlowEnd.W

depR FAR RC HotStart.FAR HPTFlowEnd.FAR

A complete description of the standard NPSS “Independent indepRef” variables reported in
the following table is available in the program user guides, refer in particular to [92, 93]. User
defined variables specifically created for this project will be explained in the following paragraph.

Table 3.7: RC/ICR solver independent variables list in off-design mode

Independent Name Independent varName Independent indepRef

LPC.S map.ind RlineMap RlineMap RlineMapDes

HPC.S map.ind RlineMap RlineMap RlineMapDes

Shaft.ind Nmech Nmech Ndes

HPT.S map.ind PRbase PRbase PR HPT

LPT.S map.ind PRbase PRbase PR LPT

InletStart.ind W InletStart.W in Wair

FARind Burn.FAR FAR

indR Pt RC HotStart.Pt Pt RC hot

indR Tt RC HotStart.Tt Tt RC hot

indR W RC HotStart.W Win RC hot

indR FAR RC HotStart.FAR FAR

Constraints equations The off-design analysis has been internally constrained in NPSS to set a
limitation on the calculated turbine inlet temperature (Burn.Fl O.Tt) and recuperator hot side
inlet temperature (RC.Fl I2.Tt), dependent on the component materials employed. In design,
there is no need for these constraints since the optimizer already ensures their satisfaction.
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Table 3.8: RC/ICR solver constraints variables list applied in off-design calculations

Dependent Name Dependent Eqlhs Dependent Eqrhs

TITmax Burn.Fl O.Tt T max

RITmax RC.Fl I2.Tt TRC max

NPSS Inputs

Table 3.9 presents the full list of inputs needed by NPSS to perform the design and off-design
analysis of the recuperated and the intercooled - recuperated gas turbine. Inputs are provided
from the .inp file which is used as a link between NPSS and the optimizer in Matlab. The fol-
lowing table reports the NPSS nomenclature used (“NPSS Input Name”) and the corresponding
mathematical symbol (“Input Symbol”), explaining what defined in previous tables. The col-
umn named “Input Origin” defines the variable characteristics by classifying them as: “Fixed”,
“Guessed”, “Calculated” or “Optimized”. The first refers to variables that are kept constant
throughout the optimization, the second identifies the independent guessing values specifically
created for the NPSS model and affected by the repairing algorithm (section 5.4.4). “Calcu-
lated” refers to every variables that is given by the component models, while, “Optimized” to
those given as design variable by the optimizer (section 5.3.1).

Table 3.9: RC/ICR complete input variables list used in NPSS (.inp file)

NPSS Input Name Input Symbol Input Origin

Wair 9m Guessed

Alt Alt Fixed

dTs ∆Ts Fixed

M M Fixed

- Flight Data -

PR LPC ΠLPC Optimized

LPC.effDes ηLPC Calculated

PR HPC ΠHPC Optimized

HPC.effDes ηHPC Calculated

- Compressor Data -

IC.W in 9mIC,c Guessed

IC.dPqP2 p∆P {P qIC,h Optimized

IC.effect εIC Optimized

- Intercooler Data (ICR) -

RC HotStart.Pt P01,h Guessed

RC HotStart.Tt T01,h Guessed

RC HotStart.W 9m01,h Guessed

RC.dPqP1 p∆P {P qRC,c Optimized

RC.dPqP2 p∆P {P qRC,h Optimized

RC.effect εRC Optimized

RC.FL I2.Tt RIT Fixed

- Recuperator Data -

FuelStart.LHV LHV Fixed

Burn.dPqP dmd p∆P {P qB Fixed

Burn.effBase ηB Fixed

Burn.Qhx 9qloss Fixed

Burn.FAR FAR Guessed

Burn.FL O.Tt TIT Optimized

Continue on next page
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- Combustor Data -

PR HPT ΠHPT Guessed

HPT.effDes ηHPT Calculated

HPT Pt %P04,LPC Optimized

PR LPT ΠLPT Guessed

LPT.effDes ηLPT Calculated

- Turbine Data -

NozPR ΠNoz Optimized

- Nozzle Data -

Prop.pwr 9W Fixed

Prop.pwrLoadDes 9Wload,des Fixed

Prop.UtipDes Utip,des Fixed

- Propeller Data -

Shaft.Nmech N Optimized

- Shaft Data -

3.3.2 Semi-Closed Cycles

Semi-closed cycle NPSS modeling represents an additional challenge with respect to the conven-
tional open cycles previously introduced. In fact, due to the flow recirculation, the solver has
to perform further iterations to match the static pressure of the two streams in the mixer. As
a consequence, augmented running time and convergence issues have been experienced for the
semi-closed cycle analysis.

Furthermore, the mixer feedback flow side has to be a priori initialized to allow the solver
model pre-processing phase, as for the recuperator case. Thus, an additional FlowStart/FlowEnd
element combination has to be employed in the engine model for a proper semi-closed cycle
representation in NPSS. Figure 3.4 illustrates the NPSS cycle model of the ERAST Coleman
engine arrangement given in Figure 2.4.

Figure 3.4: ERAST engine schematic as realized in NPSS (.mdl file)

As visible in Figure 2.3, the only difference between the ERAST and HPRTE semi-closed
cycle versions lays in the location of the flow splitting element. Figure 3.5 presents the HPRTE
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thermodynamic model realized in NPSS, showing the similar FlowStart/FlowEnd solver linking
made to initialize the whole model. As for the open cycle case, a pair of compressor and turbine
elements running on a single shaft have been used in this work, minimizing the overall UAV
engine complexity.

Figure 3.5: HPRTE engine schematic as realized in NPSS (.mdl file)

Solver Setup

Solver settings have a certain similarity with the open cycle models, at least with respect to the
recuperator handling. Common aspects are not discussed again here, and only unique solver
dependent and independent relations are explained in detail for design and off-design mode.
Only slight differences are present between the ERAST and the HPRTE semi-closed cycles due
to the dissimilar location of splitter element. However, from a conceptual perspective, similar
assumptions and modeling features have been used. As for the open cycles, the complete set
of dependent and independent relations are tabulated in separate paragraphs for design and
off-design analysis.

Design equations Table 3.10 provides the list of Dependent and Independent variables in
common between the ERAST and the HPRTE engine models. Important difference with the
single shaft open cycle is that the turbine power split is defined to ensure the mixer static
pressure match. From an NPSS modeling perspective, the open cycle dependent variable called
“dep PowerSplit” have been replaced by “dep MixPressure”, which imposes the condition of
equal total pressure between the two mixer inlet streams.

Reference [103] has shown that the condition for minimum mixer total pressure loss oc-
curs for an inlet cold stream total pressure (Mixer.Fl I1.Pt) slightly higher than the hot one
(Mixer.Fl I2.Pt). However, since an adiabatic mixing processes has been considered, the equal
total pressure condition has been set to facilitate mixer internal solver settings and convergence.

According to [14], the design feedback flow ratio has been established by fixing the com-
bustion FAR to be 90% of the stoichiometric value (FARst), calculated with respect to the
engine inlet fresh air. Unfortunately, the ERAST report does not provide a clear explanation
on the reasons behind the selection of this value. Other authors [10, 19] have confirmed that the
semi-closed cycle operates at nearly stoichiometric combustion, but no precise indication can be
derived.
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Hence, this aspect has been further investigated by introducing an additional condition on
the fuel to air ratio (dep BurnFAR) in NPSS, which influences the FFR independent variable
(ind FFR), similarly to [14]. However, the fuel to fresh air equivalence ratio (”phi st”) has
been defined as external variable controlled by the optimizer, instead of fixing it to 90%. The
remaining engine equations have been set as for the open cycle case (Table 3.4).

Table 3.10: ERAST/HPRTE design solver dependent/independent variables list

Dependent Name Dependent Eqlhs Dependent Eqrhs

Shaft.integrate Nmech trqNet 0.000

dep MixPressure Mixer.Fl I1.Pt Mixer.Fl I2.Pt

dep TITmax Burn.Fl O.Tt T max

dep Noz PR Noz.PR NozPR

dep BurnFAR Burn.FAR phi st ˚ FARst

Independent Name Independent varName Independent indepRef

HPT.S map.ind PRbase PRbase PR HPT

LPT.S map.ind PRbase PRbase PR LPT

ind FAR Burn Burn.FAR FAR

ind WairIn InletStart.W in Wair

ind FFR Split.BPRdes FFR

Recuperator equations The recuperator equations are defined similarly to the open cycle. Sep-
arate tables are below reported for the ERAST and the HPRTE engines due to the different
nomenclature used depending on the splitter location in the models.

Table 3.11: ERAST design recuperator dependent/independent variables list

Dependent Name Dependent Eqlhs Dependent Eqrhs

depR Pt RC HotStart.Pt Split FlowEnd.Pt

depR Tt RC HotStart.Tt Split FlowEnd.Tt

depR W RC HotStart.W Split FlowEnd.W

depR FAR RC HotStart.FAR Split FlowEnd.FAR

Independent Name Independent varName Independent indepRef

indR Pt RC HotStart.Pt Pt RC hot

indR Tt RC HotStart.Tt Tt RC hot

indR W RC HotStart.W Win RC hot

indR FAR RC HotStart.FAR FAR

Table 3.12: HPRTE design recuperator dependent/independent variables list

Dependent Name Dependent Eqlhs Dependent Eqrhs

depR Pt RC HotStart.Pt HPTFlowEnd.Pt

depR Tt RC HotStart.Tt HPTFlowEnd.Tt

depR W RC HotStart.W HPTFlowEnd.W

depR FAR RC HotStart.FAR HPTFlowEnd.FAR

Independent Name Independent varName Independent indepRef

indR Pt RC HotStart.Pt Pt RC hot

indR Tt RC HotStart.Tt Tt RC hot

indR W RC HotStart.W Win RC hot

indR FAR RC HotStart.FAR FAR
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Mixer equations Additional dependent and independent relations have to be added for the
mixer modeling, similarly to what was done for the recuperator case. Solver flow continuity is
ensured by providing a FlowStart/FlowEnd solver link between the recuperator and the mixer,
in the ERAST model, and between splitter and mixer in the HPRTE. Tables 3.13 and 3.14 give
the variable list for the ERAST and the HPRTE respectively.

Table 3.13: ERAST mixer dependent/independent variables list

Dependent Name Dependent Eqlhs Dependent Eqrhs

depM Pt Mix HotStart.Pt RC HotEnd.Pt

depM Tt Mix HotStart.Tt RC HotEnd.Tt

depM W Mix HotStart.W RC HotEnd.W

depM FAR Mix HotStart.FAR RC HotEnd.FAR

Independent Name Independent varName Independent indepRef

indR Pt Mix HotStart.Pt Pt mix

indR Tt Mix HotStart.Tt Tt mix

indR W Mix HotStart.W W mix

indR FAR Mix HotStart.FAR FAR

Table 3.14: HPRTE mixer dependent/independent variables list

Dependent Name Dependent Eqlhs Dependent Eqrhs

depM Pt Mix HotStart.Pt Split FlowEnd.Pt

depM Tt Mix HotStart.Tt Split FlowEnd.Tt

depM W Mix HotStart.W Split FlowEnd.W

depM FAR Mix HotStart.FAR Split FlowEnd.FAR

Independent Name Independent varName Independent indepRef

indR Pt Mix HotStart.Pt Pt mix

indR Tt Mix HotStart.Tt Tt mix

indR W Mix HotStart.W W mix

indR FAR Mix HotStart.FAR FAR

Off-Design equations In the off-design analysis, autoSolverSetup() already defines all the
main required equations. In addition to what was used for the open cycle off-design analysis,
a further dependent relation is automatically defined to ensure the static pressure matching in
the mixer element (Mix.dep errPs). As independent, the splitter feedback flow ratio is used
(Split.ind BPR). Similarly, the single shaft off-design analysis has been conducted by fixing the
enthalpy drop percentage, given by equation 3.6, equal to the design one. Flow continuity in
recuperator and in the mixer has been ensured by means of the dependent/independent relations
defined in Tables 3.11 and 3.13 for the ERAST model and Tables 3.12 and 3.14 for the HPRTE
respectively. The remaining semi-closed cycle common off-design variables are reported in Table
3.15.

Table 3.15: ERAST/HPRTE off-design solver dependent/independent variables list

Dependent Name Dependent Eqlhs Dependent Eqrhs

LPC.S map.dep errWc Wc WcCalc

HPC.S map.dep errWc Wc WcCalc

Shaft.integrate Nmech trqNet 0.000

HPT.S map.dep errWp Wp WpCalc

Continue on next page
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LPT.S map.dep errWp Wp WpCalc

Noz.dep Area WqAE WqAEdem

dep dHper dH dHdes

Mix.dep errPs Mix.Fl I1.Ps Mix.Fl I2.Ps

Independent Name Independent varName Independent indepRef

LPC.S map.ind RlineMap RlineMap RlineMapDes

HPC.S map.ind RlineMap RlineMap RlineMapDes

Shaft.ind Nmech Nmech Ndes

HPT.S map.ind PRbase PRbase PR HPT

LPT.S map.ind PRbase PRbase PR LPT

InletStart.ind W InletStart.W in Wair

FARind Burn.FAR FAR

Split.ind BPR Split.BPR Split.BPRdes

The constraints applied in the open cycle modeling and defined in Table 3.8 have been
employed in the off-design analysis of semi-closed cycles as well.

NPSS Inputs

Same input settings are given for the ERAST and the HPRTE engine models. In addition to the
open cycle input variables given in Table 3.9, splitter and mixer necessitate further information.
The complete set of input data used for the NPSS semi-closed cycle modeling has been provided
in Table 3.16. The same convention applied to the open cycle is maintained here.

Table 3.16: ERAST/HPRTE complete input variables list used in NPSS (.inp file)

NPSS Input Name Input Symbol Input Origin

Wair 9m Guessed

Alt Alt Fixed

dTs ∆Ts Fixed

M M Fixed

- Flight Data -

PR LPC ΠLPC Optimized

LPC.effDes ηLPC Calculated

PR HPC ΠHPC Optimized

HPC.effDes ηHPC Calculated

- Compressor Data -

IC.W in 9mIC,c Guessed

IC.dPqP2 p∆P {P qIC,h Optimized

IC.effect εIC Optimized

- Intercooler Data (ICR) -

RC HotStart.Pt P01,h Guessed

RC HotStart.Tt T01,h Guessed

RC HotStart.W 9m01,h Guessed

RC.dPqP1 p∆P {P qRC,c Optimized

RC.dPqP2 p∆P {P qRC,h Optimized

RC.effect εRC Optimized

RC.FL I2.Tt RIT Fixed

- Recuperator Data -

Continue on next page
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FuelStart.LHV LHV Fixed

Burn.dPqP dmd p∆P {P qB Fixed

Burn.effBase ηB Fixed

Burn.Qhx 9qloss Fixed

Burn.FAR FAR Guessed

Burn.FL O.Tt TIT Optimized

Phi st φst Optimized

- Combustor Data -

PR HPT ΠHPT Guessed

HPT.effDes ηHPT Calculated

PR LPT ΠLPT Guessed

LPT.effDes ηLPT Calculated

- Turbine Data -

NozPR ΠNoz Optimized

- Nozzle Data -

Prop.pwr 9W Fixed

Prop.pwrLoadDes 9Wload,des Fixed

Prop.UtipDes Utip,des Fixed

- Propeller Data -

Shaft.Nmech N Optimized

- Shaft Data -

Mix HotStart.Pt P0,mix Guessed

Mix HotStart.Tt T0,mix Guessed

Mix HotStart.W 9mmix Guessed

Mix.Fl I1 MN M1,mix Optimized

Mix.Fl I2 MN M2,mix Guessed

- Mixer Data -

Split.dPqP1 p∆P {P q1,split Fixed

Split.dPqP2 p∆P {P q2,split Fixed

Split.BPRdes BPR Guessed

- Splitter Data -

where M1,mix is the low pressure compressor design exit Mach number and M2,mix represents
the recirculation mixer side guessed inlet Mach number. It is used in the mixer element as a
guess to start the internal mixer solver. p∆P {P q1,split and p∆P {P q2,split are the splitter user
defined pressure losses, fixed to 2% in both sides to model plumbing losses [14].

3.4 Bleed/Cooling Modeling

The advantages of using higher turbine inlet temperatures on cycle efficiency and specific power
are well known for conventional Brayton cycles. Limitations on the maximum TIT achievable
are due to the current technological level and materials in use [25].

Reference [104] discusses ongoing studies to develop ceramic materials for radial turbine
applications capable of operating with inlet temperatures up to 2500˝F („1644K) uncooled.
Since no additional evidence on the current status of this research is available, such high TIT
values are considered out of reach in this project, if not by means of cooling techniques. Reference
[105] has indicated that for TITs greater than 1250K, cooling should be employed to avoid a
significant decrease of the component life. Therefore, this value has been used here to define the
cooling need threshold.
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According to [104], radial turbines have the advantage of a reduced amount of coolant for the
same inlet temperature. In fact, due to the higher work extraction per stage, considerably less
number of parts (blades and stages) require cooling. Moreover, the rotor relative temperature
is reduced by the high tip speed involved, positively affecting the cooling flow needs. However,
the high complexity associated with an efficient cooling design offsets the benefits previously
indicated. Although examples of sophisticated turbine cooling systems are available in literature
[106, 107], film cooling still represents the most practical and cost effective method to employ
[16, 25].

From a cycle modeling perspective, it is of interest to determine: (1) the amount of cooling
flow necessary, which is not participating to the turbine output power, for a given TIT, and (2) the
impact that cooling losses have on the uncooled turbine efficiency.

A simple model has been built in NPSS using the flow information obtained from compressor
and turbine bleed ports. The model has been implemented for each engine arrangement ana-
lyzed. The turbine cooling model description is given in the next paragraph, while the NPSS
implementation is discussed subsequently.

3.4.1 Model Description

A simple formula to preliminarily assess the amount of cooling flow necessary as function of the
cooling effectiveness (εcool) has been reported below as given in references [52, 108, 109].

ξ “
9mcool

9m
“ K

εcool
1´ εcool

(3.7)

where the cooling effectiveness (ε) is given by equation 3.8 and K is a constant which is
adjusted depending on the model. Typically assumed values are between 0.02 and 0.06 for
stator and rotor cooling [109]. Equation 3.7 has been applied to model axial turbine cooling
system, however, the applicability to radial turbines has not to be excluded, since the model has
been originally derived to describe convection and film cooling in general, as shown in [110].

εcool “
Tgas ´ Tw
Tgas ´ Tcool

(3.8)

Tgas and Tcool are the inlet hot gas and the coolant gas temperatures respectively, and Tw is
the turbine wall temperature. Since both stator and rotor require cooling, equations 3.7 and 3.8
have to be specialized to establish the cooling flow requirements of these two turbine sections.

Once the total turbine cooling flow requirements has been established, equation 2.27 can be
employed to quantify the turbine cooling losses and penalize the input turbine efficiency.

3.4.2 Model Implementation

The equations previously presented are suitable for the implementation in NPSS, using the
interstage bleed ports and standard preBleed() and preexecute() functions defined within the
program. These functions allow to set external variables used in the cycle analysis, but not
directly calculated by the main thermodynamic solver (refer to [92] for more information).

The bleeding flow is assumed to be extracted from the HPC exit, by setting ζC equal to the
unity for both rotor and stator turbine cooling. This assumption has been made to ensure that
sufficient pressure is available at the high pressure turbine inlet to push the coolant through
despite cooling channels pressure losses. On the other hand, two turbine bleed inlet points have
been defined to model stator and rotor cooling respectively. The stator flow (ζT “ 1) is assumed
to participate in the turbine work extraction, while no contribution is given by the rotor cooling
flow (ζT “ 0).
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Stator Cooling The stator cooling effectiveness is calculated from equation 3.8, using the
burner exit temperature (Burn.Fl O.Tt) as Tgas and the high pressure compressor exit condition
(HPC.Fl O.Tt) as coolant temperature (Tcool). The wall temperature (Tw) has been set to 1250K,
the maximum allowed for uncooled blades.

Finally, the stator cooling fraction (ξN) is calculated from equation 3.7, using a value of 0.05
for the parameter K, as suggested in [52, 108]. The calculated ξ is given as bleed fraction input
to the compressor bleed port in NPSS. If Tgas ď 1250K no cooling is assumed.

Rotor Cooling The rotor cooling effectiveness is calculated from equation 2.25 assuming
pTw`∆T0q equal to 1250K and pT0c`∆T0q to the compressor exit temperature (HPC.Fl O.Tt).
Since the stator cooling air mixes with the main flow, the rotor inlet temperature is lower than
the burner exit temperature. Reference [108] approximates this phenomenon by setting the gas
temperature equal to 90% of the burner exit temperature. The same assumption was kept here.

As presented in section 2.3.1, using approximately 10% of the primary flow as coolant is
sufficient to ensure an effectiveness of 0.30 at the turbine rotor tip [16]. With this consideration,
the rotor cooling fraction (ξR) is calculated from equation 3.7, with the parameter K set to 0.2.

With ξN and ξR the overall cooling fraction (ξ) is calculated in the turbine element and the input
turbine efficiency is consequently updated. This model has been implemented in all the NPSS
cycle models as visible from the engine schematics of Figures 3.3, 3.4 and 3.5. For a better
turbine efficiency penalty due to cooling losses, more advanced models should be employed.
However, the model here presented has been found satisfactory for this preliminary analysis.
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CHAPTER4

Component Modelling

4.1 Introduction

This chapter discusses the implementation and validation of the component performance and
weight models created in Matlab. Complex performance models have been defined for com-
pressors, turbines and combustor. Further justification of the implementation of these higher
fidelity models is provided here, by weighing advantages and disadvantages with respect to more
simplified modeling thechniques.

Relations to estimate the individual component weight contributions have been defined for
all the main gas turbine building blocks used in NPSS. Since a detailed design of the propeller
is beyond the scope of this work, no weight model has been built for this element. Complete
discussion on the implemented weight model is provided at the end of the chapter.

4.2 Compressor Performance Modeling

The compressor performance model has the objective of defining the component design efficiency
as function of known inlet flow conditions, design pressure ratio and rotational speed. Thus,
providing NPSS with an accurate estimation of previously discussed LPC.effDes and HPC.effDes
parameters to perform a more accurate design cycle analysis. Moreover, these values are used
by the program to scale the component map provided for off-design analysis.

As presented in section 2.3.1, different preliminary performance tools are available. However,
since accuracy and complexity of the methods are strongly related, additional considerations,
with respect to the thesis main objectives, have to be made before selecting the final model. Fur-
thermore, sufficient compressor geometrical insight has to be gained to estimate the component
weight. Therefore, this aspect is also influencing the selection of the performance model.

In the following paragraphs, the implementation and validation of the highest fidelity model
considered in this work will be briefly presented, discussing necessary inputs and aerodynamic
feasibility aspects. Subsequently, a comparison between the different models discussed in section
2.3.1 is presented, giving reasons for the ultimately selected model. Moreover the off-design
performance are discussed in section 4.2.3.

4.2.1 Detailed Design Performance Model

Since no work is done on the flow by the compressor diffuser, the total power absorbed by the
compressor can be determined by the flow conditions at the inlet and outlet of the impeller
element [111]. Therefore, the entire compressor behavior can be assessed by means of the
turbomachinery fundamental equation [41], which relates the compressor main geometry with
pressure ratio and rotational speed as follows:
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Π
pγ´1q{γ
C “ 1` pγ ´ 1qηSλM

2
u2 (4.1)

where Mu2 is the dimensionless rotational speed and λ is the work factor, defined as function
of the slip factor (σ), the impeller exit flow angle (α2) and blade angle (β2) as:

λ “
Cθ2
U2

“
σ

1´ tanβB2{ tanα2
(4.2)

Typically, the compressor is designed for a given pressure ratio (ΠC). Assuming the stage
total to total efficiency (ηS) and λ known, equation 4.1 allows to calculate the impeller exit
radius (r2) for a specified rotational speed and vice versa, since U2 “ p2πr2Nq{60. Starting
from here, a detailed meanline procedure has been presented in appendix A to characterize the
compressor geometry, assumed constituted by: impeller, vaneless diffuser and vaned diffuser.
The mathematical description of the model is given in section A.2, while the actual model
implementation is explained in section A.3.

The resultant compressor geometrical tool has been coupled with the Galvas loss model
[36, 37] to calculate impeller and stage total to total efficiencies: ηI and ηS, needed for the
geometrical calculations. A value of 0.9 and 0.8 has been respectively assumed to generate the
initial geometrical data, as suggested in references [26, 41]. Subsequent iterations refine the
compressor geometry until a pre-defined tolerance has been reached for both ηI and ηS. Figure
4.1 illustrates the compressor design model realized in Matlab; references to specific section of
the appendix are provided for a more complete understanding of the model.

Figure 4.1: Compressor performance whole diagram

Input Data

Impeller Design

VLD Design

VD Design

Loss Model

ηI , ηS

ErrηI ą toll

ErrηS ą toll

ErrηI ď toll
ErrηS ď toll

Feasible

Unfeasible

Unfeasible

Eq.4.5

Eq.4.3

DR ď 2
DR ą 2

VL ď 1{3
VL ą 1{3

ErrηI and ErrηS represent the relative error between the previous and current impeller
and stator efficiency evaluation. toll is the tolerance value set to 0.05 for both impeller and
stage efficiencies. The resultant impeller and diffuser designs have to be checked to ensure
their aerodynamic feasibility. According to [26, 41], an important impeller parameter has been
identified with the diffusion ratio (DR), defined as equation 4.3. Many authors have associated
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high diffusion rates with the inception of the impeller stall. Rodgers [112] showed diffusion
ratios around 1.9 and 2.0 at surge flow rates, while, Harley [42] uses a value of 2.4 to model the
beginning of surge in his study, treating the impeller as the only element responsible for surge
conditions. A more conservative value of 2.0 has been used in this study to define the impeller
aerodynamic feasibility range.

DR “
W1s

W2
“

r1s{r2

p1´ 2λ` λ2{ sin2 α2q
1{2 sinβ1s

(4.3)

Moreover, references [26, 41] provide indications of optimum specific speed (ns) from max-
imum compressor efficiency. It has been observed that ns increases with the blade backward
sweep angle (β2) and decreases for a given blade angle with the pressure ratio rise. Galvas [37]
shows that optimal specific speed ranges for backswept impellers should be expected between
0.705 and 1.018 for maximum efficiency. Since this range cannot be considered applicable to
every design pressure ratio [41], this aspect has been treated mainly as an indication rather than
a strict requirement. The definition of ns has been developed into equation 4.4 reported in [26],
showing better its direct dependence on compressor geometrical parameters.

ns “
ω
a

9V

∆h
3{4
0s

“
pr1s{r2q

3{2pπ{ tanβ1sq
1{2p1´ ν2q1{2

pληSq3{4
(4.4)

From extensive test data, Aungier∗ suggests two vaned diffuser feasibility criteria. The
first is associated to the equivalent divergence angle (2θc ď 11˝) and the second to the vane
loading parameter (VL ď 1{3), given by equation 4.5. According to references [113, 114], these
constraints ensure to avoid diffuser stall and achieve maximum static pressure recovery.

VL “
2πpr3Cθ3 ´ r4Cθ4q

ZV DLvpC3 ´ C4q
(4.5)

In the previous equation, r represents the vaned diffuser radius, C and Cθ are respectively
the absolute and tangential velocity components, ZV D is the number of vanes and Lv is the vane
length. Since θc is given as compressor input variable, only the vane loading check is performed
within the compressor design, as visible in Figure 4.1. The compressor design standard input
setting is summarized by the following list of variables: t 9m, γ, R, P01, T01, ΠC , N or r2, ν, α2,
β2, θc, ZFB, ZSBu. By specifying this input data, the compressor design is conducted with the
objective of minimizing impeller inlet relative and exit absolute Mach numbers, which, accord-
ing to references [26, 41], reduces incidence and friction losses, diminishing also the diffusion
requirements. The diffuser system is sized for a VLD exit Mach number less than 0.8 and a VD
exit Mach of 0.2, as recommended in reference [37].

Alternatively, it is possible to specify a value for the absolute Mach numbers of each com-
pressor flow station (M1, M2, M3 and M4). The design tool attempts to design the compressor
respecting the user defined input Mach numbers. If successful the geometry and the predicted
efficiency is normally calculated, otherwise an error is returned. This option has been imple-
mented to ensure the cycle component matching during the thermodynamic analysis, as it will
be explained in section 5.3.2, and to facilitate the compressor model validation. In addition, the
user can specify a value of the root mean square surface roughness (erms) to better approximate
the skin friction coefficient calculation (see Figure A.11 of appendix A.2.2). Since no indications
have been found in literature for a reasonable estimation of the erms value, the skin friction has
been calculated assuming a smooth blade channel.

∗R. Aungier. Design of centrifugal compressor stage for enhanced operating range and head rise. Internal
Report, 1997 (cited by Kim et al. [113]).
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Model Validation

The compressor design model has been validated using reference compressor data available in
literature. The initial challenge was constituted by the identification of compressor documen-
tation with sufficient performance and geometrical data to properly replicate and compare the
reference design with the constructed numerical model. References [45, 115–117] contain de-
tailed information on compressor features, such as: design data, velocity triangles, predicted
impeller and stage efficiencies, etc., to perform a reliable validation study.

High accuracy on the predicted compressor total to total efficiency for a given inlet mass
flow, pressure ratio and rotational speed is important, since NPSS uses these inputs to perform
the cycle analysis. Therefore, a maximum error of 5% between the calculated efficiency and the
reference data has been considered acceptable for this project. Table 4.1 summarizes the main
outcome of this validation phase.

Table 4.1: Validation main outcome with detailed reference data (compressor)

Reference 9m (kg/s) N (RPM) ΠC ηI ηI,ref ηS ηS,ref

Japikse and Baines [45] 5.320 14000 2.05 0.9191 0.9200 0.8699 0.8700

NASA-TN-D-5761 [115]∗ 0.278 38500 2.43 0.9108 0.8960 0.8216 0.8130

NASA-TM-X-3552 [116] 0.996 68840 5.93 0.8770 0.8710 0.7833 0.7800

ASME-GT-2002-30394 [117]† 2.550 50000 5.10 0.8280 0.8400 0.8180 0.8000

Good agreement with the reference data is visible form the table. The compressor efficiency
is predicted well within the accuracy requested. Moreover, the calculated compressor geometry,
flow angles and velocity triangles match quite well with the reference ones. Hence, the compressor
model has been considered successfully validated, since the predictions are sufficiently accurate
for all the four case study.

4.2.2 Model Comparison

As presented in section 2.3.1 and appendix A.1, different models have been identified in liter-
ature to estimate the compressor design performance. Scaling methodologies are certainly the
most commonly adopted approach in preliminary design stage to select a reasonable value for
the compressor efficiency in the cycle analysis. Subsequent studies have improved the original
formulation, increasing the overall accuracy of the method [30]. Since scaling factors are defined
as function of the Reynolds number ratio (Reref{Re), or from parameters that still depend on
it, it is difficult to correctly employ these techniques within this project.

A set of additional methods have been presented in appendix A.1.2 as alternative to the
higher fidelity method previously discussed. These methods are typically used for preliminary
cycle calculations to quickly assess the compressor performance variation as function of thermo-
dynamic input. The accuracy of these relations has been compared in Table 4.2, together with
the detailed model treated in the previous section. The ERAST Coleman engine data, reported
in Figure 1.3, have been used as reference for compressor efficiencies and flow conditions.

Table 4.2: Different models output efficiency comparison (compressor)

ηK ηW ηM ηG ηref

LPC 0.8641 0.7885 0.7953 0.7019 0.7220

HPC 0.8640 0.8200 0.7952 0.7432 0.7550

∗Additional data available at: NASA-TM-X-1622 [118] and NASA-CR-54368 [119].
†Additional data available at: ASME-95-GT-079 [120], ASME-98-GT-024 [121] and ASME-99-GT-446 [122].
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where ηK indicates the efficiency calculated from equation A.8, reference [32], ηW using equa-
tion A.9 provided in [33], and ηM from equation A.10 of reference [34]. ηG is the efficiency value
calculated using the Galvas loss model [36, 37] and ηref is the ERAST reference value [14]. All
the efficiencies reported in Table 4.2 are expressed as adiabatic total to total. Appropriate con-
version has been made to transform the polytropic efficiency given by equations A.8 and A.9
into the correct form.

Table 4.2 justifies the implementation of a higher fidelity model for this study. In fact, models
which depend exclusively on pressure ratio are not reliable for this semi-closed cycle study, since
the effect of inlet mass flow variation cannot be detected. Although, the approach proposed by
Wilson and Korakianitis [33] properly models the efficiency trend, it is still quite inaccurate in
terms of absolute values. ηG has been obtained for a flow angle (α2) of 65˝, a blade angle (β2)
of -20˝ and assuming an impeller blade number (ZFB) of 20. The efficiency reported in Table
4.2 varies slightly for different values of these parameters, even though still maintaining a good
matching with the reference data.

Hence, since the application of scaling factor is impractical and less accurate, the detailed loss
model implemented has been used during the engine optimization to provide NPSS with an ac-
curate efficiency value for the thermodynamic analysis. However, since the compressor efficiency
value not only depends on thermodynamic and inlet flow data, but also on input geometrical
parameters (N, r2, ν, α2, β2, θc, ZFB, ZSB), these variables have been properly considered in the
optimization of each cycle arrangement (see chapter 5).

4.2.3 Off-Design Performance

The loss model equations used for the design efficiency calculation, can be adjusted to define
complete compressor performance maps, as shown in reference [36]. From comparison with test
data, Galvas’s loss model has been proven to be satisfactory in assessing the overall compressor
off-design performance. The most significant errors have been detected around the surge line
[42] and in predicting choking weight flow at certain speed lines. This is because strictly one-
dimensional correlations are not able to accurately approximate such complex multi-dimensional
phenomena [36]. Since a much longer development time was needed to build and validate this
off-design model, its implementation has been suggested as future work.

As mentioned in section 3.2.1, centrifugal compressor maps have been gathered from existing
references and imported in NPSS. Reference maps have been chosen from considerations on
pressure ratio ranges and feature similarities with the ERAST compressors data [14]. The
ASME-89-GT-112 [123] has been finally selected for this project, since it is representative of a
typical impeller-vaneless/vaned diffuser configuration. The correspondent compressor map has
been plotted in the following paragraph.
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ASME-89-GT-112

Figure 4.2: ASME-89-GT-112 centrifugal compressor map [123]

4.3 Turbine Performance Modeling

Similarly to the compressor block, the turbine performance model provides NPSS with an accu-
rate estimation of the design component efficiency (HPT.effDes and LPT.effDes) for given inlet
flow conditions, rotational speed and turbine power output. Different level of fidelity models
are available in literature to accomplish the turbine geometric and aerodynamic modeling. The
same reasoning used for the compressor has been applied for selection of the turbine performance
model. The ultimate choice has been based on trade-off considerations between high accuracy
and reduced computational effort. Furthermore, since the turbine weight model requires a sim-
ilar set of inputs (see section 2.4.2), the obtained geometrical data must be sufficient to allow
for the weight calculations.

This section illustrates the implementation and validation of the detailed turbine perfor-
mance model, comparing the accuracy of the efficiency prediction with lower fidelity methods.
Moreover, the performance of the three turbine loss models presented in section 2.3.1 is further
discussed in this part of the document. Finally, off-design turbine performance details are given
at the end of this section, showing the component maps imported in the NPSS environment.

4.3.1 Detailed Design Performance Model

As mentioned, the turbine package designs the component from a specified power output ( 9WT ),
inlet flow conditions and rotor inlet radius (r2) or rotational speed (N). In addition, the inlet
Mach number (M0) or the nozzle radius ratio (r0{r1) has to be provided to size the turbine
nozzle section.

The code starts with an assumed turbine nozzle (ηNts) and stage (ηSts) total to static efficiency
value to estimate stator and rotor geometry. A nozzle-rotor interspace has been also included
to ensure sufficient nozzle wake mixing and circumferentially uniform flow conditions at the
rotor inlet [41]. The initially set efficiency values are then iteratively updated using one of the
implemented loss model, as shown in Figure 4.3.
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Figure 4.3: Turbine performance whole diagram
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where ErrηNts and ErrηSts represent the relative error between the previous and current
nozzle and stage efficiency evaluation. No feasibility constraints have been defined in references
[41, 46] on the turbine rotor aerodynamic design. However, indications have been provided
on specific speed (ns) and specific diameter (ds) to achieve maximum efficiency, which can be
summarized by means of Figure 4.4. The definition of these parameters is given by equation 4.6
and 4.7 respectively, as discussed in reference [41].

ns “
ω
a
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∆h
3{4
0s

“
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„
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(4.6)

where ηS is the total to total stage efficiency and k is the discharge velocity ratio (Cm3{U2).
This last parameter is fundamental to model the radial turbine rotor, as extensively discussed in
appendix B.2.1. Optimal values of k are around 0.25 which corresponds to a ns value of about
0.6 [41]. The specific diameter is given by:
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(4.7)

Similarly, optimal specific diameters have been indicated around 3.5 [41]. The typical radial
turbine nsds map has been reported below, showing attainable efficiency values for a given
specific speed and specific diameter. The line representing the product nsds “ 2 is the theoretical
maximum efficiency line discussed in [41].
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Figure 4.4: Radial turbine nsds diagram [41]

Aungier [124] reports a set of guidelines gathered from literature for a good turbine design.
Dissimilar recommendations have been given by the different authors cited, making difficult to
derive consolidated rules. Therefore, these suggestions have been only evaluated in the rotor
design, without resulting into strong aerodynamic design constaints (see appendix B.3).

The radial turbine design performance model requires the following set of standard input
data: t 9m, γ,R, P00, T00, 9WT , N or r2, ν, β3s,M0 or r0{r1u. Using these settings, the rotor de-
sign procedure discussed by Whitfield and Baines [41] for minimum rotor inlet Mach number
is attempted, for given power demand and rotational speed. While, the nozzle design is con-
ducted for a specified radius ratio (r0{r1) and the inlet Mach number (M0) is calculated. Any
unconverged or unfeasible resultant design is dealt by the optimizer, as shown in section 5.4.

Additional input settings have been created, allowing for user defined absolute axial (c2) and
radial (c3) clearances to calculate the associated losses. Rohlik [47] suggested to define c2 and
c3 as percentage of D2 and D3s (see appendix B.2.2). Instead Rodgers [16] discusses a limiting
values of 0.015in (0.0381cm) for small turbine rotors, due to machining limitation. This approach
has been preferred since Rohlik’s approach might result in manufacturing impossibilities for too
small D2 and D3s values. Thus, the assumption of best clearance gap possible has been made.

Finally, the possibility of specifying different rotor inlet Mach number M2 and an inlet blade
angle (β2) has been implemented in the code to facilitate the validation phase. Checks have been
made to ensure the feasibility of the resultant design for not standard input settings. Refer to
appendix B.3 for a complete description of the turbine performance model. The mathematical
treatise is given in appendix B.2.

Model Validation

The turbine validation has been conducted similarly to the compressor case. References [125–
127] provide sufficient data for a good replication of the radial turbine designs presented in the
papers. The model objective is to achieve an efficiency prediction within a 5% error with respect
to the reference value. Table 4.3 reports the results of the radial turbine validation study. All
efficiency data reported in the table are the stage total to static adiabatic efficiency, unless
otherwise specified.
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Table 4.3: Validation main outcome with detailed reference data (turbine)

Reference 9m (kg/s) N (RPM) 9WT (W) ηR ηG ηB ηref
Khader’s thesis [125]∗ 0.0800 130000 18020 0.8289 0.8397 0.8134 0.8380

Ventura et al. [126] 0.2271 38500 22371 0.8252 0.7836 0.8078 0.7900

NASA-TP-1730 [127] 0.8918 70000 305620 0.8228 0.8388 0.8029 0.8340

where ηR, ηG and ηB are the efficiencies calculated using Rohlik, Glassman and Baines’
loss models presented in detail in appendix B.2.2. As visible from Table 4.3, the entire set of
loss models meets the requirements previously stated. However, the precision of the models
differs from case to case. For example, Baines’s formulation results in the most pessimistic
prediction, since the impact of clearance losses and passage losses is much greater than for the
conventional Glassman loss model. On the other hand, Rohlik’s approach leads to the greatest
error in the second case study. The Glassman loss model gives on average the most accurate
efficiency estimations. Hence, it has been preferred, among the whole set of higher fidelity
models implemented, for the turbine analyses of this project.

4.3.2 Model Comparison

The applicability of scaling relations is complicated by the lack of reliable references and by the
difficulty explained in correctly estimating the Reynolds number ratio. Thus, the performance
of the simplified empirical models, presented in appendix B.1.2, has been evaluated as an alter-
native to the more computationally expensive method treated previously. Table 4.4 presents a
comparison between the whole set of “simple” models efficiency prediction and the Glassman
loss model. Differently from section 4.2.2, the ERAST Coleman engine data (Figure 1.3) have
not be employed in this study, since they are not representative of a radial machine. Thus, the
analysis has been conducted using data from reference [127].

Table 4.4: Different models output efficiency comparison (turbine)

ΠT ΠT,ts D3h (mm) ηK ηW ηG ηref
2.793 2.997 116.13 0.8582 0.8710 0.8388 0.8340

where ηK indicates the efficiency calculated from equation B.2, reference [32] and ηW using
equation B.3 provided in reference [33]. All efficiency values have been expressed as total to
static. These data are sufficient to show the advantage of the higher fidelity model implemented
for the radial turbine analysis, which leads to a much more reliable efficiency estimation.

4.3.3 Off-Design Performance

Radial turbine off-design performance modeling has been accomplished through map scaling, as
for the centrifugal compressor. Future work should address the implementation of the turbine
loss models employed in this work to generate full component maps, starting from the so far
obtained design geometrical data. The radial turbine map given in the ASME-92-GT-93 [128]
have been imported in NPSS. Similar considerations on pressure ratio ranges have been used
here to select the turbine map, as for the compressor.

∗The efficiencies reported here are expressed as total to total adiabatic [125].
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ASME-92-GT-93

Figure 4.5: ASME-92-GT-93 radial turbine map [128]

4.4 Combustor Performance Modeling

According to reference [18], the combustor element constitutes the most crucial aspect in deter-
mining the success of the semi-closed cycle, since extremely high recirculation rates are employed
by this cycle arrangement. Reference [69] represents the only example found in literature which
addresses in detail the effects of the introduction of recirculated products inside the burner.
The general conclusion derived in the paper, and summarized at the beginning of section 2.3.3,
has been obtained for significantly lower recirculation ratios than those commonly used in semi-
closed cycles [10]. In addition, the semi-closed cycle combustor is exposed to considerably high
inlet pressures and temperatures, which has the subsequent effect of diminishing the burner
loading (equation 2.44). Therefore, not only the design and off-design efficiency is augmented
with respect to conventional open cycles, but also the burner size can be reduced [14].

A relatively simple combustor model has been created in this project to address some of
the observations previously mentioned. In particular, this model has the objective of tracking
performance and size differences between similar burner concepts applied to open cycles or semi-
closed cycles. Thus, partially improving the simplified combustor analysis of the ERAST study
[14]. Moreover, since the combustor inlet temperature is relatively high due to the recuperator
presence, liner cooling aspects might constitute an issue. A preliminary tool has been developed
to include this consideration within the model. Complete modeling description can be found in
appendix C, while a brief summary is provided here.

4.4.1 Model Description

Since accurate design combustor efficiency and pressure losses cannot be estimated at this stage,
in particular for the semi-closed cycle arrangements, the data reported in Table 3.2 have been
assumed for the design analysis of each engine model. As discussed, the simple off-design
combustor model, presented in section 2.3.3, has been implemented in NPSS to capture the
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combustor efficiency variation as function of the burner loading parameter.
With the given burner design data, the combustor chemistry can be solved by NPSS, pro-

viding information on inlet and outlet flow conditions and fuel requirements. These additional
parameters have been used to implement the combustor sizing procedure of Melconian and
Modak [70], which allows to derive sufficient geometrical insight to estimate the combustor
weight. Moreover, preliminary indications of how to distribute the overall inlet mass flow be-
tween primary, secondary and dilution zone have been given such that sufficient cooling air is
available for the liner.

Once the geometrical and flow sizing has been computed, a preliminary heat transfer analysis
is conducted to establish, from the calculated liner inner and outer wall temperatures, whether
liner cooling is required. A maximum wall temperature of 1300K has been set as cooling thresh-
old [70]. If any combustor zone registers a wall temperature higher than this value, the procedure
discussed in in appendix C.3 is used to verify whether the available coolant flow is sufficient to
ensure proper liner cooling. Since the combustor sizing has been conducted following the stan-
dard guidelines reported in [70], a failing in the cooling design does not necessarily mean that
the combustor is not realizable. Therefore, the optimization has not been directly affected in
such cases, although more combustor development has been recommended.

The following diagram reports the logic used in the implementation of the combustor model.
The calculations made until the first circular node are employed to define the geometrical pa-
rameters used in the weight model (Figure 4.6). The second section then addresses the cooling
aspects previously discussed. The block called “Flame” allows for a preliminary estimation of
the flame temperature, information used by both “Wall” and “Cooling” blocks.

Figure 4.6: Combustor performance model diagram
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A standard set of inputs are needed by the combustor model to perform the element sizing.
The following general combustion flow and fuel data are provided by the NPSS combustor
element, once cycle convergence has been reached: t 9m3, 9mf , R, P03, T03, P3, p∆P {P qB, FARstu.
Furthermore, depending on the combustor type specified, the can number (Nb) or the inner
diameter (Din) have to be given for tubular and annular combustor respectively. As mentioned,
this last option has been assumed in this project. The combustion inlet area (A3) has to be set
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to allow for the diffuser sizing. This parameter is important to ensure also reasonable matching
with the previous engine component.

Model Validation

Validation of the presented methodology has been done by other authors with more advanced
CFD tools as well as experiments [72, 76, 77, 129]. Therefore, the correctness of the model
implementation has been tested throughout the replication of some case study reported in the
previously cited references and in reference [70].

Semi-Closed Cycle Remarks

The combustor design methodology here presented has been successfully applied to different
design cases available in literature. Although, this technique does not represent the most ad-
vanced combustor design approach and much more sophisticated tools are needed, it allows for
a geometrical definition capable of withstanding the given gas turbine operating conditions [71].
The applicability of this methodology to the open cycle analysis is certainly not a concern. Since
no further studies on semi-closed cycle combustion chambers have been performed, the validity
of this model to such case has been reasonably assumed for this preliminary assessment.

Furthermore, an additional modeling assumption has been made to ensure the correct cou-
pling between the NPSS burner analysis and the combustor performance modeling tool built in
Matlab. In particular, the NPSS combustor solver automatically assumes that only the fresh air
portion of the whole burner inlet mass flow is participating at the combustion process. Therefore,
the recirculated flow presence is ignored in the estimation of the burner exit flow proprieties.

Since a low oxygen concentration is present in the recirculated products, the NPSS solver
assumption is acceptable at this stage. However, the combustor sizing procedure must consider
the whole amount of gasses entering the system to ensure the correct estimation of combustor
dimensions. As a consequence, the whole inlet mass flow ( 9m3) has been modeled as fresh air for
the semi-closed cycle analysis, allowing for proper geometrical characterization.

4.5 Weight Modeling

Since early studies discussed that the semi-closed cycle arrangement allows for a considerable
weight reduction with respect to conventional ICR open cycles [10], it is of interest of this
project to investigate this aspect in more depth. As seen from section 2.4, a component based
models have the advantage of better capturing the weight variation as function of primary cycle
thermodynamic parameters, making this approach in line with this project goals.

Most of the recent focus has been dedicated to the implementation of models for large turbo-
fan engines [80], which mainly feature axial turbomachinery stages. The sole model applicable
to the small gas turbine architectures defined in this thesis project, is constituted by the NASA
WATE model [83, 84]. A modern release of this program, suitable for the coupling with NPSS,
has been made available on the NASA software download webpage∗. Up to the current project
date, the software release is limited to the U.S. Hence, the implementation of a similar mod-
eling approach, based on the available references, has been necessary to accomplish the thesis
objectives.

The difficulty associated with the implementation of highly accurate component based weight
models is due to the lack of reference data to calibrate and validate the resultant methodology.
Therefore, the accuracy of this method is not expected to be high. However, the ultimate
objective here is to define component weight trends that allow proper optimization of the engine
thermodynamics. Thus, considering the effects that the modification of a certain global variable

∗U.S. software release available at: https://software.nasa.gov/software/LEW-19687-1
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has not only on component performance, but also on its overall weight. The overall engine
weight (Weng) has been calculated considering the following contributions:

Weng “WC `WIC `WRC `WB `WT `Wsh `Wgear `Wacc (4.8)

where: WC is overall compressor weight, WIC and WRC are weight of the heat exchangers, WB

represents the combustor and WT the turbines overall weight. Wsh is the overall shaft weight,
Wgear and Wacc are the gearbox weight and the accessories weight respectively.

The weight calculations have been accomplished via the implementation of the equations
presented in the literature review chapter (see section 2.4). This section provides more details
on those components that have not been modeled using exclusively the information available
in references [83, 84], such as: heat exchangers, gearbox, compressors and turbines. Validation
and calibration aspects related to these components are also briefly mentioned here. More
information on the actual model implementation has been given in appendix D.

4.5.1 Weight Modeling Details

Most of the component weight models have been taken from references [83, 84], with the excep-
tions of the heat exchangers and the gearbox. The HEXs weight has been calculated using the
approach discussed in section 2.4.3, since a complete intercooler and/or recuperator design has
not been performed for reasons explained. The estimated weight trends have been compared
with detailed design data published in references [60, 130], showing good agreement of the model
in terms of weight dependence on effectiveness and pressure loss. The gearbox weight has been
assessed using the methodology suggested in references [87, 91], assuming planetary gearbox
and a value of 400 lb/in3 for the constant K of equation 2.62, set according to data published
in reference [89].

The remaining component weight contributions of equation 4.8 have been estimated using
equations reported in references [83, 84]. However, since the papers do not provide detailed
indication on disk and blade sizing for radial turbomachinery, a methodology has been developed
to fill this gap in the WATE weight model, involving material and structural consideration. The
complete model explanation is reported in appendix D.1 and D.2 for compressor and turbine
respectively, while, only a short summary is given here.

Centrifugal Compressor Weight

The implemented compressor weight model logic has been summarized by the diagram reported
in Figure 4.7. The program requires geometrical information gathered previously from the
performance model. In particular, the impeller inlet and outlet compressor radii (r1h, r1s and r2),
passage width (b1 and b2), exit blade angle (β2), exit rotation speed (U2) and total temperature
(T02) are needed. In addition, the compressor material must be a priori selected among a
list of commonly employed materials (see appendix, Table ??). Considering the compressor
temperature ranges of the ERAST Coleman engine [14], a titanium alloy (Ti-6Al-4V) has been
initially assumed.

With this data settings, a preliminary structural analysis based on reference [131, 132] is per-
formed to establish whether the given rotational speed (U2) does not lead to excessive stresses in
the compressor blades and disk. For such unfeasible cases, an attempt of identifying alternative
more robust materials among the list of available materials is made. If successful, the material
properties are updated, otherwise, the compressor design results in a structural infeasibility and
the optimizer will deal with it as shown in section 5.4. The weight of any feasible solution is
calculated as sum of disk, blades, diffuser and case.

76



Figure 4.7: Compressor weight model diagram
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As presented in appendix D.1, a procedure has been developed to produce a reasonable
estimation of the impeller weight, given essentially by the contribution of disk and blades.
Since no detailed references are available to calibrate the model, the simple models reported
in references [64, 83] have been used as target reference. In such way, the general centrifugal
compressor weight trends defined in literature have been respected by the current model.

Reference [133], provides a set of empirical information to support the preliminary design
phase of industrial impellers. A population of sixteen ASTM A564 stainless steel unshrouded
impellers has been used for weight considerations. Strong relation between weight and impeller
diameter has been shown, and a general correlation is derived from the figure reported below.

Figure 4.8: Industrial impeller weight with diameter correlation [133]

Since the reference impeller population of Figure 4.8 has been taken from industrial applica-
tions and no additional design data have been published, this weight trend cannot be comfortably
used for the model calibration in the current project. Therefore, the approach discussed previ-
ously has been preferred. More details regarding the model calibration are given in appendix
D.1.

Radial Turbine Weight

The weight of the radial turbine has been calculated in a similar manner to the compressor.
Complete description of the model is reported in appendix D.2. Figure 4.7 remains representative
of the turbine weight model, with the exception of the structural section. In fact, according to
references [131, 132], the radial turbine stresses distribution is far more complicated than the
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compressor one, due to the high operating temperatures involved. The application of a simple
theory such as the one employed for the compressor to define maximum allowed stresses might
not possible due to uneven temperature and stress distribution. Cooling aspects further increase
the model complexity.

Reference [132] suggests to select the material based on TIT considerations. High temper-
ature and strength materials have been investigated, capable of withstanding the temperature
limitation of 1250K set for the cooling system. Nickel and Cobalt alloys have been assumed
for the weight estimation (see appendix D.2.1). Rotational speed limitation are set according
to the compressor stress analysis, assuming that the turbine material is capable of handling it.
Although, more sophisticated tools are needed to properly define the stress distributions in the
component and assess the design feasibility, the assumptions made here are acceptable for this
preliminary analysis.

Model calibration has been performed in agreement with what done for the compressor using
reference trends data available in reference [64, 83]. Since even less reference data are available
to support the assessment of the radial turbine weight model, the approach followed here is the
most reasonable, considering project objectives and deadlines.

4.5.2 Final Considerations

The original WATE model has been developed for small gas turbines with an accuracy of ˘10%
with respect to reference component data provided by the Garrett engine manufacturer [83, 84].
Although most of the equations have been taken form the originally developed model, such high
accuracy in not expected here. The lack of complete engine data, which allows to properly
replicate the given case study with the current model, makes extremely difficult to quantify the
developed model error in absolute terms.

The ERAST document [14] reports a preliminary estimation of component weights, obtained
by scaling reference weight data. Although exact replication of the Coleman engine cycle has
not been possible with the available information and tools, it has been possible to derive general
conclusion on the developed weight model. The following observation have been made:

(a) The most significant error should be expected in the turbomachinery weight calculations.

(b) The heat exchanger weight model acceptably approximates standard intercooler and recu-
perator configurations.

(c) The influence of the remaining components on the overall engine weight is significantly
lower than the previous ones.

These conclusions have been derived by replicating, where possible, the ERAST Coleman
engine cycle conditions of Figure 1.3 with the component performance and weight models cre-
ated. The calculated weight of compressors and heat exchangers have been compared with the
estimated reference data in the paper [14].

Model Outcome Discussion

The low and high pressure compressor overall weight is overestimated with respect to the ERAST
data. Similar output is observed even using the simple models from reference [83]. This outcome
is expected since these models compute the weight of the machine as function of the cubic
exponent of r2. Hence, the calculated weight of the relatively large radial turbomachines used
in the Coleman engine (Figure 1.5) will be over predicted. Same conclusions can be applied to
the turbine model.

The calculated heat exchangers weight matches well with the ERAST data for conventional
configurations. In fact, the weight of the plate-fin intercooler, used in the Coleman Engine,
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matches the calculated value from the model. On the other hand, the recuperator weight is
underestimated. Since the ERAST recuperator has a specifically designed arrangement, de-
scribed in reference [14], and the overall predicted model weight trend agrees with conventional
recuperator data [60, 130], this has not been considered a concern.

To summarize, the currently employed weight model has been focused on establishing general
component weight trends as function of global cycle thermodynamic variables. High accuracy
cannot be ensured at this stage, unless a complete weight model is rebuilt from scratch. Future
work should address improvements to the current weight model, focusing in particular on radial
turbomachineries, since major discrepancies with reference [14] have been observed here. This
would involve more detailed aerodynamic and stress calculations and is, as such, considered to
fall outside the scope of the current project.
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CHAPTER5

Optimization

5.1 Introduction

An effective way to ensure a reasonable performance comparison between the different cycles,
is to optimize each engine for the same objectives and compare the results. Since early studies
on semi-closed cycles have shown promising improvements in terms of part power specific fuel
consumption and weight with respect to conventional solutions (section 2.2.2), it is of interest
here to verify the applicability of these observation to the current case study. As mentioned,
emission aspects have not been considered at this stage.

The performance and weight models explained in the previous chapters allow for the complete
characterization of the engine thermodynamics. In particular, component efficiency, feasibility
and size as function of given cycle and flow data are properly considered. Therefore, it is possible
now to optimize each engine arrangement for minimum weight and minimum SFCav. Where
SFCav is the average specific fuel consumption defined as:

SFCav “
SFCdes ` SFC75% ` SFC50% ` SFC25%

4
(5.1)

Equation 5.1 equally accounts for design and off-design SFC variation as function of the
different propeller cruise power demands (Table 3.3). Since two clearly distinct objectives can
be identified for the current analysis, the multi-objective optimization approach represents the
most appropriate way of dealing with competing objective problems [134]. Although a complete
discussion on optimization theory is beyond the scope of this chapter, sufficient details are
provided on the chosen optimization algorithm to give the reader a more complete understanding
on how the problem has been formulated and solved.

Moreover, the integration of the so far discussed component performance and weight models
with the cycle thermodynamic analysis is explained for each cycle arrangement, showing also
how feasibility aspects have been taken into account in the optimization settings. Results and
conclusions derived from this study are separately presented in the following chapter.

5.2 Optimization Theory

A multi-objective optimization problem can be mathematically formulated as [134]:

minrJ1pxq, J2pxq, ¨ ¨ ¨ , Jipxq, ¨ ¨ ¨ , Jnpxqs

subjected to
gpxq ď 0

hpxq “ 0
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and
xl ď x ď xu

where Ji represents the generic objective function, n is the number of objectives used in the
problem, x is the design vector, gpxq and hpxq are the inequality and the equality constraints
respectively, xl and xu define the lower and upper bounds applied to the design space. The
solution of a multi-objective optimization problem is given by the so called Pareto optimality,
which is representative of those design variables that lead to a non-simultaneous improvement
of all the objectives [134].

5.2.1 Optimization Algorithms

Different algorithms have been developed to find the Pareto optimality of a multi-objective
optimization problems. Reference [135] presents a complete list of currently available methods,
dividing the treatise into: classical methods (CMs) and evolutionary algorithms (EAs). The
first class includes mainly those algorithms that convert the multiple objective optimization into
a single objective one, by combining the different objectives together through weighed average
procedures. Since standard weighed average algorithms struggle to solve non-convex problems,
a set of improved procedures have been developed [135]. However, they involve the specification
of user defined parameters that are difficult to set for any given problem. According to reference
[134, 135], EAs have several advantages over classical methods:

• The algorithms work with populations of solutions, instead of single solutions per iteration,
giving the possibility of capturing multiple optimal points per generation.

• Because of their stochastic nature, a much grated design space is considered by the algo-
rithm, increasing the probability of finding global optimum solutions.

• Since gradient information is not used by the algorithms, EAs are able to work with
non-smooth or discontinuous objective functions.

• Due to the non deterministic nature of the algorithms, EAs are applicable to more arbitrary
and unstructured optimization problems.

Main disadvantages are associated to the need for an increased number of function evalua-
tions, which considerably rises the optimization running time compared to conventional CMs.
Considering the nature and the objectives of the current thesis problem, evolutionary algorithms
represent the best choice.

Matlab implements a particular type of EAs, which is based on a controlled elitist generic
algorithm formulation [136], where individuals from the previous population survive in the next
one depending on a rank based system. Since a detailed mathematical treatise of the algorithm
is outside the scope of this work, only a practical description of the method is provided in
the following section. The algorithm theoretical background is given in reference [135], for the
interested reader.

5.2.2 The Matlab Algorithm

The algorithm is implemented under the function called: gamultiobj. The algorithm starts with
an initial population which is defined within the bounds given, but not necessarily respectful of
linear and non linear constraints. It is important at this stage to specify a reasonable number of
initial elements that allows to produce a sufficiently distributed Pareto frontier at an acceptable
computational effort. Reference [137] provides a rule of thumb to select the initial population
number (Np) valid for many applications. In particular, it is recommended to use a population
size of at least ten times the length of the design vector (x). Gotshall and Rylander [138] report
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a study, conducted on three different problems, to identify the optimal initial population size
for a given problem. Equation 5.2 has been experimentally derived.

Np “ 267.43 lnx´ 293.21 (5.2)

The applicability of this equation to different problems might hold, according to the paper,
but it has to be verified.

Once the initial population has been defined, the algorithm selects the parent variables
that will be kept in the subsequent generation (elite child), according to the best fitness values
(Rank “ 1), and creates child objects, using crossover and mutation techniques (Figure 5.1).

Figure 5.1: Children generation schematic in the gamultiobj
algorithm, adapted from [136]

Crossover This technique takes a parent individual and randomly exchanges a certain number
of bits with a second member, generating consequently a child which shares with each parents
only a certain amounts of bits [134].

Mutation A particularly chosen parent randomly inverts a certain amount of bits, generating
a completely different child. Only a single parent is required in this procedure, which occurs
according to specifically defined probabilistic laws within the code.

A rank is then given to the child objects by evaluating their corresponding objective function
values, which are subsequently used in the following iteration. The process is repeated until one
of the algorithm stopping criteria has been satisfied. For standard applications, basic stopping
criteria ensures that the average relative change in the Pareto optimally is less than a given
tolerance or are based on an admissible maximum number of generations. More detail on the
optimization algorithm are given in the Matlab global optimization toolbox user guide [136].

5.3 Problem Formulation

Each engine cycle arrangement has been optimized for minimum average specific fuel consump-
tion (equation 5.1) and minimum engine weight (equation 4.8). The design vector (x) has been
composed not only by primary thermodynamic variables, which slightly differ depending on the
engine configuration, but also by compressor and turbine parameters. No external constraints
have been applied to the problem, with the exception of the ones defined in NPSS, that have no
influence on the Matlab optimization algorithm.

In this way, the number of function evaluations needed to perform the optimization has been
significantly reduced. Lower and upper bounds have been defined to limit the optimizer search
path within a feasible region. The criteria employed to set these bounds has been justified from
common practices discussed in literature as well as from preliminary feasibility studies.
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The problem under investigation can be mathematically described as a double multi-objective
optimization. Equation 5.3 specializes the general formulation reported in section 5.2 to the
actual optimization objectives.

minrJ̄pxqs “ min

„

J1pxq
J2pxq



“ min

„

SFCavpxq
Wengpxq



(5.3)

subjected to
xl ď x ď xu

This section discusses the system of design variables used for the optimization of each en-
gine, together with related lower and upper bounds used. In particular, the thermodynamic pa-
rameters are initially explained for recuperated, intercooled-recuperated and ERAST/HPRTE
semi-closed engine configurations. Subsequently, the geometrical characteristics of compressors
and turbines used as design vector are discussed. Final considerations on the gamultiobj settings
and on the initial population will be given in the last paragraph of this section.

5.3.1 Thermodynamic Design Variables

From a thermodynamic point of view, a similar set of characteristic variables can be defined for
semi-closed cycles and open cycles, since they share most of the engine components in a similar
arrangement. Common engine cycle parameters that impact both objectives of equation 5.3
are: compressor pressure ratios, heat exchangers effectiveness and pressure loss, turbine inlet
temperature, nozzle pressure ratio and shaft rotational speed. Additional cycle variables have
been specifically defined for each cycle configuration, as shown in section 3.3. More information
is given below on the optimization preliminary settings of each engine model.

Recuperated Cycle

Table 5.1 presents the whole set of thermodynamic variables used for the recuperated open
cycle arrangement. The column named “Reference” reports, where applicable, the literature
documentation used to specify the correspondent lower and upper bounds. These design data
are passed to NPSS, together with other input parameters (see Table 3.9), through the .inp
file previously discussed. In this way, the thermodynamic analysis is performed for each design
vector modification defined by the Matlab system optimizer (gamultiobj ).

Table 5.1: RC optimization design variables and relative bounds

x xl xu Reference

ΠLPC 2.000 5.000 -

ΠHPC 3.000 6.000 -

p∆P {P qRC,c 0.020 0.050 [14, 60, 130]

p∆P {P qRC,h 0.020 0.050 [14, 60, 130]

εRC 0.650 0.950 [14, 130]

TIT 1200K 1650K [14]

%P04,LPC 0.850 1.150 -

ΠNoz 1.050 1.250 [102, 139, 140]

N 8500 13500 -

The compressor pressure ratios (ΠLPC and ΠHPC) and the design rotation speed (N) bounds
have been set from a preliminary study conducted to identify a design feasible region for compres-
sors and turbines. In fact, since the selection of the rotational speed strongly affects turboma-
chinery aerodynamics and structures, it was important to constrain the algorithm search space
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of N within the feasible zone. Thus, helping gamultiobj to find the correct initial population to
start with.

Similarly the %P04,LPC bounds have been set after a preliminary study conducted with NPSS.
In particular, it has been observed, from an initial cycle sensitivity study focused on specific fuel
consumption and specific power, that the optimal turbine power split lays in solutions where LP
and HP compressors are entirely driven by the HPT, while the LPT powers part of the propeller
and ensures the demanded nozzle pressure ratio. Since the %P04,LPC variable defines the amount
of power extracted by the HPT, a value of approximately one ensures that the previous condition
is met.

The turbine inlet temperature upper bound has been set from the ERAST report [14]. Since
higher TITs have the effect of reducing both specific fuel consumption and overall engine weight,
a limitation on the maximum TIT value depends on other aspects, such as: turbine materials
and cooling, combustor liner cooling and recuperator materials.

A value of 2500˝F („1644.3K) was assumed for the Coleman engine, resulting, from Figure
1.3, in a RIT of 1641.1˝F („1167.1K), which already implies special high temperature alloys or
even ceramic materials [7, 141, 142]. Therefore, this TIT value, rounded to 1650K, has been used
as upper bound, while material feasibility checks have been implemented within the objective
function, as explained section 5.4.

Recuperator and nozzle lower and upper bounds have been defined from common practices
discussed in the references given in Table 5.1. For identical design variables used in the remaining
cycle arrangements, similar reasoning has been applied to define their bounds. Therefore, only
the different settings will be explained.

Intercooled-Recuperated Cycle

Table 5.2 shows the list of design variables used for the intercooled-recuperated open cycle. In
addition to the recuperated engine parameters only two intercooler performance variables are
considered. Similar criteria have been used to set the associated bounds.

Table 5.2: ICR optimization design variables and relative bounds

x xl xu Reference

ΠLPC 2.000 5.000 -

ΠHPC 3.000 6.000 -

p∆P {P qIC,h 0.020 0.050 -

εIC 0.650 0.950 -

p∆P {P qRC,c 0.020 0.050 [14, 60, 130]

p∆P {P qRC,h 0.020 0.050 [14, 60, 130]

εRC 0.650 0.950 [14, 130]

TIT 1200K 1650K [14]

%P04,LPC 0.850 1.150 -

ΠNoz 1.050 1.250 [102, 139, 140]

N 8500 13500 -

Semi-Closed Cycle

The semi-closed cycle design vector is reported in Table 5.3 for both ERAST and HPRTE engine
models. Since the HPT exit pressure is dictated by the mixer total pressure condition (section
3.3.2), there is no need to define the turbine power split variable (%P04,LPC) as for the open cycle
cases. Instead, the stoichiometric combustor ratio parameter (φst) has been defined as design
variable. Because semi-closed cycles operate at near stoichiometric FAR [10, 14, 19], assessing
the effect of this parameter on the cycle performance is of interest.
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Considering that the selected NPSS ThemoPackage does not allow for rich or near stoichio-
metric ratios, the upper bound has been conservatively set according to [94]. The lower bound
has been selected from a preliminary cycle study in NPSS to ensure the correct search space for
the optimizer initial population, as optimal values of φst lays around 0.90 as indicated in [14].

Similar considerations applied to open cycles have been used here to define the optimal
algorithm search path for rotational speed. It has been observed that feasible N values for the
semi-closed cycle arrangements are almost double of those of the open cycles. This consideration
matches with the design rotational speed assumed for the Coleman engine in the ERAST study
[14]. Moreover, the LPC and HPC pressure ratio upper bounds have been slightly increased,
since optimal cycle solutions lay at high overall pressure ratios [14].

Table 5.3: ERAST/HPRTE optimization design variables and relative bounds

x xl xu Reference

ΠLPC 2.000 6.500 [14]

ΠHPC 3.000 6.500 [14]

p∆P {P qIC,h 0.020 0.050 -

εIC 0.650 0.950 -

p∆P {P qRC,c 0.020 0.050 [14, 60, 130]

p∆P {P qRC,h 0.020 0.050 [14, 60, 130]

εRC 0.650 0.950 [14, 130]

TIT 1200K 1650K [14]

φst 0.850 0.950 [14, 94]

ΠNoz 1.050 1.250 [102, 139, 140]

N 18500 23500 [14]

5.3.2 Turbomachinery Design Variables

An additional set of design variables related to the turbomachinery component has been provided
to the optimizer. In this way, the solver defines criteria for highly efficient compressors and
turbines, still ensuring that aerodynamic and structural feasibility are respected. Tables 5.4 and
5.5 give design variables and relative bounds for compressor and turbine respectively. Since two
pairs of compressors and turbines have been used in this project, the same data presented in
the tables have been applied to both low and high pressure machines.

Table 5.4: Compressor optimization design variables and relative bounds

x xl xu Reference

ν 0.300 0.700 [37, 41, 143, 144]

α2 60˝ 70˝ [26, 41]

β2 -40˝ 0˝ [26, 41]

2θc 7˝ 11˝ [39]

According to references [41, 143], the selection of the impeller inlet hub to tip radius ratio (ν)
mainly dependents on structural considerations. Sufficient space is also needed to accommodate
the blades and ensure the correct mass flow passage. A value of 0.4 has been used in the cited
papers for their study. It has been observed that smaller values lead to the reduction the inlet
Mach number for a given mass flow, with the related benefit of increasing the impeller efficiency
[143]. Galvas [37] recommends the range given in Table 5.4, although examples of ν values
higher than 0.7 have been investigated in literature for unconventional machines [144].

The remaining parameters have been set according to common practices discussed in the
references provided in Table 5.4. The compressor blade number has not been included in the
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optimization and a value of 20 blades (no splitter blades) has been assumed as suggested in
[145]. More information on the blade number selection is reported in appendix A.3.1.

The radial turbine design vector is reported in the following table. Again, the optimization
bounds have been specified as suggested in the references given within the table.

Table 5.5: Turbine optimization design variables and relative bounds

x xl xu Reference

r0{r1 1.100 1.700 [124]

ν 0.300 0.700 [47, 146]

β3s -70˝ -50˝ [41, 46]

Special Variable

An additional variable has been created to ensure correct flow matching between the low pressure
compressor and the subsequent element. In particular, the design LPC exit Mach number
(M4,LPC) is an important variables for semi-closed cycle arrangements, since it dictates the
mixer area sizing in NPSS. In the simple recuperated open cycle, on the other hand, the LPC
exit Mach number has a strong impact on the HPC overall performance. Furthermore, in the
intercooled-recuperated configuration, it influences the intercooler coupling.

As seen in section 4.2.1, the standard compressor sizing methodology assumes an exit Mach
number equal to 0.2, which has been recommended for a good combustor matching by [37].
Since this value might not be optimal for the compressor matching with the subsequent non-
combustor element, the control of this variable has been left to the optimizer. The parameter
bounds have been assumed as shown in Table 5.6.

Table 5.6: LPC exit Mach number design variable and relative bounds

x xl xu Reference

M4,LPC 0.200 0.500 -

5.3.3 Optimization Settings

The Matlab gamultiobj default settings has been applied to each engine model, being consistent
with the problem formulation and objective of this work. The definition of the initial population
number has been performed according to reference [137], which results in an acceptable Pareto
optimality for the current problem. Equation 5.2 led to a significantly high number of variables,
which almost doubles the computational effort. For this reason, Np has been calculated according
to: Np “ 10 ¨Nvar. The real number of variables has been augmented by one for the the initial
population characterization to ensure a resultant smoother Pareto frontier. A summary of the
optimization preliminary settings is given in the table below for each engine model.

Table 5.7: Summary of the optimization initial settings per engine arrangement

Nvar Np

RC 24 250

ICR 26 270

ERAST 26 270

HPRTE 26 270
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5.4 Objective Function Setup

The objective function J̄pxq, used in the optimization framework, is composed by two main
parts. The first one defines engine design performance and component weights. Component
efficiencies and feasibility aspects are also accounted during this phase, using the component
modeling techniques discussed in chapter 4. Feasible design data are subsequently employed
in the second part of the objective function characterization, where the off-design analysis is
performed to calculate the part power SFCs.

A strong coupling between NPSS and the component model is necessary to properly define
the objective function for each design vector provided by the optimizer. Therefore, an iterative
process has been set up to ensure consistency between the thermodynamic analysis and the
component characterizing tools.

This process slightly differs between the different engine arrangements, becoming quite ar-
ticulated for semi-closed cycles. Therefore, this section has been entirely dedicated to the expla-
nation of the objective function definition. The treatise has been divided according to the cycles
considered in this project, showing how the NPSS-Matlab coupling has been made, together
with relative assumptions. A final section has been dedicated to the NPSS running method and
the repairing algorithm mentioned in section 3.2.3.

5.4.1 Recuperated Cycle

Figure 5.2 summarizes the implementation of the objective function methodology for the re-
cuperated open cycle engine, showing the NPSS integration with the component models. The
system optimizer specifies a new design vector (x), which combined with additional flight and
cycle data (Table 3.9), allows to perform the first cycle calculation with NPSS. At this stage,
compressor and turbine efficiencies have to be assumed. With these inputs, NPSS is run and
checked for convergence. If successful, the program outputs the flow station data at the inlet
and outlet of each engine component (pressures, temperatures, mass flow, etc.).

These data are then used to size each component. Since the efficiency of the turbomachines
changes as function of the different inlet flow conditions, iterations are needed to progressively
update the NPSS thermodynamic model, using the efficiency values calculated by the turboma-
chinery performance model. Throughout these iterations, the components are sized, checked for
feasibility and their weight is estimated. Once this phase has been completed, the whole set of
design performance data is organized for a final NPSS analysis which defines the desired design
and off-design SFC values, allowing for the definition of the objective function J̄pxq.

Since flow continuity between engine components is ensured by NPSS, flow consistency be-
tween elements has to be maintained to produce a reasonable design performance prediction.
This means that the outlet flow station or geometrical data of every component has to be consid-
ered in the performance and geometrical characterization of the subsequent component. More
details have been provided on compressor, recuperator and combustor matching. The remaining
components have been sized using NPSS output data, and checked following the description
given in previous chapters and in appendix.

LP-HP Compressors The compressor model requires mainly inlet flow and the design vari-
ables of Table 5.5 to build the full model (section 4.2.1). However, since the compressor standard
model generates the design for minimum relative inlet mach number, a LPC exit mach number
of 0.2 might not be reasonable for the component matching with the HPC. Therefore, the vari-
able M4,LPC has been created to define the inlet flow of the second compressor as consequence
of the design choices of the first one. Hence, the calculated efficiency also accounts for the LPC
and HPC relative coupling effects.
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Recuperator - Burner The annular combustor model necessitates information on the inlet
flow area and the inner diameter to perform the sizing procedure (section 4.4.1). Since a detailed
geometrical model has not been built for the heat exchanger, no velocity information is available
at the recuperator exit to estimate the combustor inlet area. Therefore, the assumption of equal
HEX inlet and exit flow area has been used to calculate the recuperator exit velocity from the
known inlet velocity. Thus, iteratively obtaining the combustor inlet area. The combustor inlet
diameter is calculated assuming a 5% clearance from the shaft outlet diameter.

RIT considerations The calculated RIT from NPSS has to be checked with the user defined
RIT value (Table 3.9) to account for HEX material limitations. McDonald [7] reports a gen-
eral guideline for recuperator materials selection. The author indicates that a value of 900˝C
(1173.15K) is the maximum threshold for high temperature metal alloys, above this value only
ceramic material can be employed. Thus, since costs have not been considered in the opti-
mization, this value has been set as maximum admissible RIT for the recuperator. Checks are
performed throughout the optimization to ensure that this condition is satisfied for any given
design vector. The same limitations are applied to the other cycle models.

Figure 5.2: RC objective function schematic
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Any design vector combination resulting into component infeasibility, inconsistency or NPSS
convergence failure, has been sent back to the optimizer with the worst rank possible (Inf). In
this way, the optimizer takes into account these aspects in defining the new generation.
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5.4.2 Intercooled-Recuperated Cycle

The objective function of the intercooled-recuperated open cycle has been reported in Figure
5.3. The same reasoning applied to the RC case has been used in the engine performance and
weight characterization. The introduction of the intercooler adds an additional complication in
the component matching between LPC, intercooler and HPC. Once again the LPC exit Mach
number variable (M4,LPC) has been used to model this interaction.

Intercooler-HPC The intercooler element has been modeled in the same way as the recuper-
ator. A constant inlet and outlet area assumption has been maintained here as well to calculate
the flow velocity at the heat exchanger exit, thus determining the HPC inlet flow Mach number
for the compressor sizing and efficiency calculations.

Figure 5.3: ICR objective function schematic
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5.4.3 Semi-Closed Cycles

The semi-closed cycle objective function is identical for the ERAST and the HPRTE engine
models, since the only differences lay in the NPSS model and solver settings (see section 3.3.2).
Figure 5.4 presents the semi-closed cycles objective function setup schematic, similarly to what
was done for the open cycle cases. Due to the flow recirculation, each efficiency change to the
downstream engine components (HPT), strongly affects the recirculated mass flow, which has a
direct impact on HPC efficiency, recuperator heat transfer and combustor dimensions. Therefore
further iterations are needed to properly characterize the elements within the feedback loop.

The inner loop iteration has been stopped when the relative error between the HPT power
output at the current iteration, calculated by the last NPSS block in the inner loop of Figure
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5.4, and the one at the previous iteration is less than a predefined tolerance. This ensures that
consistency is respected by the model. Additional difference with respect to the open cycle
arrangements is determined by the addition of the mixer element. Consistency has to also be
ensured between LPC, mixer, intercooler and HPC. The following paragraph briefly discusses
this aspect.

LPC-Mixer As explained in section 3.2.1, the mixer requires the definition of the inlet Mach
number of one stream to perform the element sizing. The LPC stream has been chosen in
this case and the mixer inlet Mach is defined within the compressor element. Once more, the
variable M4,LPC has been used for these components linking. With this information, NPSS sizes
the mixer and provides the static quantities at the mixer outlet. Using this additional flow data,
the intercooler inlet velocity can be determined. Finally, the heat exchanger and compressor
matching has been performed as previously discussed for the ICR case.

Figure 5.4: ERAST/HPRTE objective function schematic
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5.4.4 NPSS Repairing Algorithm

Since NPSS has to be called multiple times during the objective function evaluation, the infinite
loop problem discussed in section 3.2.3 is likely to occur throughout the optimization. The
selection of good guessing points to start the iterations inside NPSS helps to solve this problem.
However, due to the random nature of the algorithm chosen for the optimization, it is extremely
difficult to ensure the correct NPSS initialization for every given design vector.

The repairing algorithm has been embedded within every Matlab to NPSS call. For each
design vector given by the optimizer, Matlab creates the related NPSS .inp file, adding all the
necessary guessing variables, depending on the engine arrangement (see Tables 3.9 and 3.16).
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The guessing points have been defined, based on a preliminary cycle study conducted with
NPSS, and kept constant throughout the optimization.

Once NPSS has completed the calculations, it outputs a general file that Matlab is able to
detect. If the file is not generated within an acceptable time, it means than NPSS is stuck in the
infinite loop. Therefore, Matlab terminates the NPSS job and starts to randomly modify the
input guessed variables. This operations continues for a certain amount of time until the correct
guessing value has been found or the maximum amount of attempts allowed has been reached.
In this last event, the design vector is considered not feasible from the optimizer perspective.
Thus, only the actual design vectors that lead to unfeasible or unconverged NPSS solutions are
actually discarded. While variables that only cause numerical problems are further assessed,
leading to a much more consistent optimization.
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CHAPTER6

Results and Conclusions

6.1 Introduction

This chapter discusses the results of the optimization. In particular, the Pareto optimal solutions
are presented for the four engine arrangements analyzed, showing the variation of average specific
fuel consumption (SFCav) and engine weight (Weng) as function of the design vector. The
treatise has been organized with an initial focus on the overall engine results, showing general
differences between the semi-closed cycles and the open cycles. Subsequently, the recuperated
and the intercooled-recuperated open cycle results are discussed in detail, showing the influence
of main thermodynamic variables on the Pareto frontier (sections 6.3.1 and 6.3.2). Similar
considerations are then presented for the ERAST (section 6.4.1) and the HPRTE (section 6.4.2)
semi-closed cycle engines, displaying similarities and differences in the impact that cycle variables
have on the final solution. A final section has been included to summarize the project findings
and to suggest future improvements (section 6.5).

6.2 General Considerations

Since only two objectives have been specified in the optimization, the resulting Pareto optimal-
ity can be easily visualized onto a single 2D plot, showing the minimum average specific fuel
consumption and minimum weight solutions. Figure 6.1 reports the Pareto frontier of the sim-
ple recuperated and the intercooled-recuperated gas turbine, while Figure 6.2 shows the Pareto
frontier of the ERAST and the HPRTE semi-closed cycle models respectively.

(a) Simple recuperated engine (b) Intercooled-recuperated engine

Figure 6.1: Open cycles Pareto optimality solutions
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(a) ERAST intercooled-recuperated engine (b) HPRTE intercooled-recuperated engine

Figure 6.2: Semi-closed cycles Pareto optimality solutions

Although a far more difficult Pareto optimality convergence has been observed with the semi-
closed cycle models, some of the advantages outlined in section 2.2.2 can be appreciated from the
presented figures, in particular regarding engine compactness and efficiency. These aspects are
briefly treated in the following paragraphs. A detailed explanation of the optimization results is
reported in the following sections for each engine, giving further evidence to some of the concepts
discussed here as well.

Weight Discussion

Open Cycles Figure 6.1 shows that for the same power output and SFCav, the calculated recu-
perated engine weight is compatible with the intercooled-recuperated one. As will be explained
in the following sections, thanks to the intercooler presence, a relatively higher overall pressure
ratio (OPR) can be achieved in the ICR engine with respect to the RC model.

A higher OPR implies a significant reduction of the mass flow required to produce the same
design power output, improving the engine specific power and, consequently, reducing the overall
turbomachinery size and weight. Similarly, the weight of the remaining components is decreased,
resulting in a significant engine size reduction which offsets the weight added by the intercooler
in the ICR configuration.

Semi-Closed Cycles The semi-closed cycle architectures lead to a much more compact engine
solution with respect to the open cycles analyzed. In fact, Figure 6.2 shows that for the same
average specific fuel consumption, an overall weight reduction of more than half of the equivalent
RC or ICR configurations can be achieved with the employment of the ERAST or the HPRTE
engine architectures.

This weight reduction is mostly attributed to the reduced inlet mass flow requirements for
producing the same engine power output in semi-closed cycle configurations. This leads to a
significant reduction of the overall turbomachinery weight, thus increasing the overall machine
compactness. Furthermore, as will be presented later on, the semi-closed cycles exhibits their
optimum solutions at much higher overall pressure ratios, which contributes to reduce the recu-
perator weight (equation 2.33).

A further weight reduction is experienced in the remaining engine components, although
their impact on the overall engine weight is far less important than the heat exchanger and
the turbomachinery contributions. However, since a considerable amount of flow is recirculated
within the engine, the intercooler weight remains the most significant aspect, even for semi-closed
cycle solutions.
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The weight difference between the ERAST and the HPRTE semi-closed cycles is in part due
to the different feedback flow splitter position (Figures 2.3 and 2.4). Since a smaller mass flow
enters the recuperator hot side in the ERAST model, a further reduction of the overall heat
exchanger weight is registered. Moreover, in the HPRTE solution, because the whole mass flow
is used in the recuperator, a smaller enthalpy jump is possible throughout the LPT. Therefore,
the remaining power demand has to be accomplished by the HPT, increasing significantly the
size of this last.

SFC Discussion

As expected, the recuperated open cycle arrangement leads to the greatest values of average
specific fuel consumption. The addiction of the intercooler only improves the engine performance
a little with respect to the recuperated open cycle solution, leading to lower SFCav values in
the Pareto frontier. However, no significant amelioration is noticeable in the optimized SFCav
values between the semi-closed cycles and the ICR configuration, although slightly lower SFC
solutions have been found for the ERAST Coleman engine.

These differences in terms of average specific fuel consumption behavior between the ERAST
and the HPRTE engines can be attributed to the dissimilar feedback flow splitting point. In
fact, because in the ERAST model more power can be extracted from the LPT, the optimizer
balances the engines such that the maximum temperature difference between recuperator hot
and cold side is achieved, reducing the amount of fuel necessary to reach the same TIT.

In the HPRTE arrangement, the optimizer tries the same approach. However, since the
whole flow passes through the heat exchanger for the same power output, the recuperator hot
side exit temperature cannot be too low, otherwise no sufficient power can be extracted from
the LPT. Because the LPC and the HPT pressure ratios are constrained by the mixer, which
imposes the equal total pressure conditions on each flow side, the optimizer has to limit the
maximum recuperator effectiveness for a given OPR to meet the engine power demand.

For these reasons, a slightly greater inlet mass flow is necessary for the HPRTE configuration
to function with respect to the ERAST engine. As almost the same total mass flow is needed for
the ERAST and the HPRTE models to produce same design shaft power, a lower feedback flow
ratio is observed in the HPRTE engine configuration. Since NPSS considers that only the inlet
fresh air participates to the combustion process, a higher fuel flow is consequently necessary in
the HPRTE configuration for the same equivalence ratio. Thus leading to a slight increase in
SFCav.

Part Power Behavior Reference [10] has shown a much flatter SFC curve for the HPRTE en-
gine configuration during part power operating conditions (Figure 2.6). This aspect has been
investigated here as well, assessing eventual differences between the off-design performance of
the two semi-closed cycle engines and the open cycle ones.

Figure 6.3 shows the part power behavior of the four gas turbine arrangements analyzed in
this project. The chart has been obtained by selecting a common SFCav point („0.253 kg/kWh)
from the final Pareto frontier of each engine and plotting the resultant SFC individual terms at
100%, 75%, 50% and 25% of the design power output. The SFC data have been normalized with
respect to the design SFC value to make them more independent from the engine thermodynamic
optimum.
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Figure 6.3: Part-power specific fuel consumption comparison

A much flatter off-design SFC curve can be observed for the HPRTE semi-closed cycle
arrangement with respect to the conventional open cycles. Slightly improved part power per-
formance can be achieved with the ERAST Coleman engine as well, even though, no significant
difference can be appreciated with respect to the open cycles at low output power demand.

The explanation given in reference [10] for the HPRTE part power characteristics has been
confirmed by the NPSS output data. In particular, the high pressure recirculation loop allows
the HP cycle components to operate around their maximum efficiency point for far larger power
ranges than for the open cycles. The strong off-design performance differences with respect to
the ERAST can be completely attributed to the dissimilar feedback flow ratio splitting point.
In fact, since a far greater recirculated mass flow processed by the recuperator, the heat transfer
between the hot and cold side streams in the HPRTE engine becomes almost double that of the
ERAST one at really low engine power demand.

As discussed, this aspect becomes a limitation in design, since for the same power output
a slightly greater fresh mass flow is needed. However, in off-design the recirculation ratio can
be better controlled to ensure a much more effective recuperator heat transfer. Therefore, for
the same SFCav, the ERAST configuration shows a lower SFC at high power outputs, while,
the HPRTE maintains a relatively flat SFC curve which becomes significantly competitive from
approximately 50% of the design power on (Figure 6.3).

6.3 Open Cycle Results

This section discusses the design vector results for the recuperated and intercooled-recuperated
open cycle models. Although the influence of the design variables considered here is quite
conventional and expected, it is important to provide a detailed explanation for facilitating the
understanding of the semi-closed cycle behavior.

In fact, most of the trends observed for open cycle arrangements have been followed by the
semi-closed cycles as well. However, since there are no constraints on the LPC and HPT exit
pressures, the open cycle components can be optimized considering their pure impact on engine
thermodynamics and weight. Therefore, for a given output power, far less trade-offs between
individual component performance variables are needed here with respect to the ERAST or the
HPRTE configurations.
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6.3.1 Recuperated Engine

The optimized recuperated design vector is presented in detail here. Focus is separately given
to the thermodynamic and the turbomachinery optimum solutions, showing, where significant,
how the design vector modification affects the minimum weight and SFC optimal results. Before
moving forward with the explanation of the results, it is important to underline a key aspect of
the developed methodology, which is also applicable to every engine model treated within this
thesis project.

Because the component model defines the turbomachinery efficiencies from the calculated
inlet flow conditions, the optimization procedure is much more sensitive to the effect that a
certain design variable has on the overall cycle performance. Hence, the optimized design vectors
account for all those performance and feasibility aspects discussed so far in this document.

Thermodynamic Optimality

The thermodynamic design variables (Table 5.1) contribution to weight and specific fuel con-
sumption is individually presented in this section. The treatise has been developed by group-
ing the design variables associated to the main components together into common paragraphs.
Therefore, this paragraph has been divided according to turbomachinery, combustor, heat ex-
changers and additional parameters.

The first discusses the influence of compressor pressure ratios and rotational speed onto the
design objectives. The second explains the influence of the turbine inlet temperature, while, the
third one reports the impact of recuperator effectiveness and pressure losses. Finally, the last
group presents the effects of nozzle pressure ratio and turbine power split on the cycle optimality.
A similar approach has been kept for the remaining engine models.

Turbomachinery Figure 6.4 presents the effects of overall pressure ratio and rotational speed
onto the resultant RC engine Pareto frontier, by means of a four variables 2D scatter plot.
Where, the OPR influence on weight and specific fuel consumption are identified by the color
scale, while, the rotational speed effects throughout the different size of the plotted bubble.

Figure 6.4: Effects of pressure ratio and rotational speed on the RC Pareto frontier

Approximately the same overall pressure ratio is optimal for both optimization objectives,
with an almost equal split between low and high pressure compressors (about 3.0 for the LPC
and 4.0 for the HPC). Since an increase in OPR corresponds to a reduction of the inlet mass
flow required for the same power output, the optimizer tries to maximize this parameter to
reduce the overall engine weight and the improve the thermal effciency. However, because of the
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recuperator presence, the maximum OPR has to be limited to avoid offsetting the heat exchanger
performance. For this reason, a slightly higher OPR is visible in Figure 6.4 for minimum weight
solutions.

On the other hand, increasing the turbomachinery rotational speed has a quite significant
effect on the relative size of these components. Hence, a clear trend towards higher N for
minimum weight solutions is visible from the figure. On the contrary, reducing the size of the
rotating components too much causes a considerable drop in their efficiency, since secondary and
shock losses become important. As a consequence, the same overall pressure ratio is achieved
with a slightly bigger turbomachinery section, which ensures that the maximum compressor and
turbine efficiency is obtained for the given inlet flow conditions.

Combustor A high turbine inlet temperature is beneficial for the minimization of both objec-
tives, because it contributes to reduce the inlet mass flow requirements, improving the engine
thermal efficiency and specific power. However, the maximum turbine inlet temperature is
limited by the technological level of turbines, combustor and recuperator. In particular, the
limiting condition set on the RIT, prevents the optimizer to push the TIT close to the upper
bound defined in Table 5.1, levelling the TIT to approximately 1520K. These observations are
summarized by Figure 6.5.

Figure 6.5: Effects of turbine inlet temperature on the RC Pareto frontier

Heat Exchangers Figure 6.6 (a) shows the effect of recuperator effectiveness and total pressure
losses on the objective function, with these lasts given as the sum of recuperator hot and cold
side contributions. As expected, a clear trend towards high effectiveness and minimal pressure
drops belongs to minimum SFC solutions. On the other hand, εRC and p∆P {P qRC,c have a
strong impact on the recuperator volume and weight (equation (2.3)), hence, the opposite trend
is evident for minimum weight solutions.

Figure 6.6 (b) similarly shows the impact of hot and cold side pressure losses on the optimized
solutions, displaying more clearly what was just discussed. By looking at the NPSS optimized
raw data, it becomes more evident that minimum SFC solutions admit the lowest pressure
losses on the hot side, vice versa for the minimum weight case. This is in agreement to what
presented in [62], since the recuperator hot side has a much stronger impact on the overall engine
performance. This effect becomes less significant at high effectiveness solutions, as exemplified
also by the output data.

The bounds set on the recuperator design variables are not entirely reached during the
optimization, as a consequence of the complex component model created. In fact, the optimizer
weighs the advantages that a further improvement in effectiveness or pressure losses causes on
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(a) Effectiveness and total pressure loss (b) Hot and cold side pressure loss

Figure 6.6: Effect of recuperator performance parameters on the RC Pareto frontier

performance and size of the remaining components. For example, the maximum turbomachinery
efficiency significantly depends on inlet flow conditions and mass flow rate. Hence, the optimizer
has a much stronger consideration on component mutual effects when performing the analysis
and selecting optimal thermodynamic values.

Additional Parameters The effects of turbine power split and nozzle pressure ratio on SFCav
and Weng are documented in Figure 6.7 (a). The turbine power split is established such that most
of the power is extracted from the HPT, which allows for the greatest enthalpy jump. However,
the optimal HPT exit total pressure is set to avoid levelling off the effect of the recuperator,
allowing for a sufficient hot to cold side temperature difference to ensure an acceptable heat
transfer.

The nozzle pressure ratio (Figure 6.7 (b)) has a direct impact on the overall mass flow
required by the engine, thus, a reduction of this variable becomes beneficial for both objectives.
Since at part power conditions ΠNoz is dramatically reduced with the engine mass flow, the
optimizer sets the nozzle design pressure ratio to ensure that a feasible off-design performance
is achieved. Hence, a slightly higher value is observed for minimum weight solutions to ensure
that ΠNoz remains above unity at low power settings.

(a) Effects of turbine power split (b) Effects nozzle pressure ratio

Figure 6.7: Effects of turbine and nozzle parameters on the RC Pareto frontier
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Turbomachinery Optimal Solutions

As previously discussed, the shaft rotational speed has a strong impact on the relative size of
the turbomachinery block and, consequently on its efficiency. However, having high compressor
and turbine efficiencies positively affects both optimization objectives, since a reduced power
demand is needed across the rotating components for the same engine settings.

Therefore, the optimizer modifies the turbomachinery design vector (Tables 5.4 and 5.5)
to maximize the component efficiency for given inlet flow conditions. In addition, the compo-
nent feasibility is guaranteed during the optimization throughout the proper definition of these
turbomachinery design characteristics.

Compressors Tables 6.1 and 6.2 summarize the LPC and HPC design vectors for the minimum
average specific fuel consumption and minimum weight respectively. No significant differences
can be detected between the LP and HP compressor solutions for the two optimization objectives.

Table 6.1: Compressors design vector for minimum average SFC (RC engine)

ν α2 β2 2θc ηS

LPC 0.387 61.753 -21.790 8.477 0.767

HPC 0.411 65.589 -7.592 8.225 0.773

Table 6.2: Compressors design vector for minimum weight (RC engine)

ν α2 β2 2θc ηS

LPC 0.378 62.059 -26.530 8.169 0.717

HPC 0.434 64.967 -8.722 8.108 0.770

Since a reduction of the hub to tip radius ratio diminishes the inlet absolute Mach number,
improving the compressor efficiency [143], ν assumes the lowest value possible for the given inlet
mass flow. A slightly higher value can be observed from Tables 6.1 and 6.2 for the HPC case,
as a consequence of different inlet flow conditions.

The combination α2 and β2 is opportunely set to ensure minimal losses in the impeller
channels with an acceptable diffusion ratio. Differences between the LPC and HPC results are
due to the significant density change at the inlet of the two components. Since a much higher
θ-parameter (equation A.11) results for the LPC, a relatively high impeller tip to exit radius
ratio (equation A.19) is expected. For this reason, a far greater diffusion ratio is registered in
the LPC, which forces the optimizer to reduce α2 and increase β2 (Figure A.13).

On the other hand, the augmented density at the HPC inlet is such to define α2 closer to
the optimal value suggested in references [26, 41]. β2 is consequently adjusted to allow for good
diffusion ratio and reduced blade stresses. Finally, θc is similarly set to ensure good diffusion in
the compressor vaned section and to produce an acceptable vane loading.

A LPC/HPC matching Mach number of 0.3504 and 0.3394 has been calculated for minimum
SFCav and Weng respectively.

Turbines Tables 6.3 and 6.4 provide the HPT and LPT optimized variables for the minimum
SFCav and Weng respectively. The radius ratio is selected to provide the turbine rotor with
the correct inlet Mach number and mass flow for the given inlet flow conditions. Similarly, ν is
defined from considerations on mass flow and efficiency. A lower value is registered for minimum
SFC solutions, since it improves the overall turbine efficiency [143]. The calculated β3s are in
agreement with the data reported in Figure B.5 and with the theory reported in references
[41, 46].
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Table 6.3: Turbines design vector for minimum average SFC (RC engine)

r0{r1 ν β3s ηS

HPT 1.282 0.377 -59.981 0.889

LPT 1.375 0.361 -60.598 0.807

Table 6.4: Turbines design vector for minimum weight (RC engine)

r0{r1 ν β3s ηS

HPT 1.373 0.411 -59.872 0.883

LPT 1.439 0.592 -61.869 0.688

As shown in Table 6.4, the LPT efficiency drops sharply for the minimum weight solution, in
agreement with the radial turbine theory presented in appendix A.2. In fact, since a relatively
high mass flow is needed to compensate for the reduced recuperator performance, and a higher
rotational speed is used to decrease the turbomachinery weight, far more significant exit losses
occur in the LPT.

As further proof, the calculated turbine specific speed (ns) at the minimum weight solution
is about 1.3, which is close to the limit of applicability for radial turbines [41]. The resultant ηS
value is in agreement with the observations made in reference [47] (see Figure A.7). Considering
the given ns value, an improvement in performance for minimum weight solutions could be
expected with the employment of axial or even mixed flow turbines, although their impact on
weight has to be verified.

6.3.2 Intercooled-Recuperated Engine

The addition of the intercooler significantly improves the minimum average specific fuel con-
sumption with respect to the recuperated open cycle. Moreover, the intercooler reduces the
amount of work required by the compressors to produce a certain pressure ratio for the same
output power. This can be directly translated into the possibility of considerably increasing the
cycle OPR, allowing for a reduction of the engine mass flow with positive effects on turbomachin-
ery and recuperator sizes. For this reason, the overall engine weight becomes comparable with
the recuperated engine case for the same specific fuel consumption, in spite of the intercooler
presence.

This section presents the thermodynamic and turbomachinery optimized design vector for
the intercooled-recuperated cycle. Considerations made on the simple recuperated results can
be extended here for some of the components. Hence, a detailed description is presented for
those aspects that strongly differ from the previous case. As obvious, many more similarities
with the semi-closed cycles behavior can be expected for this engine model.

Thermodynamic Optimality

The thermodynamic design vector reported in Table 5.2 is hereby presented, dividing the trea-
tise according to turbomachinery, combustor, heat exchanges and additional parameters, as
previously done.

Turbomachinery Figure 6.8 (a) reports the Pareto optimality considering the effects of overall
pressure ratio and rotational speed onto the cycle optimal solutions. What was briefly sum-
marized in the introduction of this section is proven here by the output data. The intercooler
allows for a significantly greater overall cycle pressure ratio with respect to the RC case, which
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improves the minimum average specific fuel consumption. For these solutions, the optimal pres-
sure ratio split between LPC and HPC lays between 3.0 and 5.2 respectively (Figure 6.8 (b)),
for a total pressure ratio of about 15.6, with respect to 12.0 of the RC design case.

Differently, the minimum weight behavior is much more similar to the simple recuperated
case in terms of OPR and pressure split between compressors. This is understandable since
most of the weight reduction is obtained through a decrease of the heat exchangers effectiveness
(Figures 6.10 and 6.11). Hence, the intercooler influence on the cycle thermodynamics is strongly
reduced, causing the engine to behave more similarly to the RC model (Figures 6.4 and 6.8 (a)).

The effects of rotational speed on both optimization objectives are well in line with what
was observed for the previous engine example, as proven from the reported figures.

(a) Effects of OPR and rotational speed (b) Effects of compressors pressure split

Figure 6.8: Effects of turbomachinery variables on the ICR Pareto optimality

Combustor A slightly higher TIT is achieved by the intercooled-recuperated open cycle for
minimum SFC solutions. In fact, because of the higher overall pressure ratio, the optimizer
balances the engine such that more power is extracted from the HPT, obtaining a turbine exit
temperature that does not compromise the recuperator structural integrity. In this way, the
TIT can be slightly increased to around 1570K, which significantly improves the cycle thermal
efficiency. However, for low weight solutions, since the OPR is reduced to a value comparable
to the simple recuperated analysis, such a high TIT can no longer be reached, fixing the engine
at around 1540K.

Figure 6.9: Effects of turbine inlet temperature on the ICR Pareto frontier
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Heat Exchangers The intercooler effectiveness and hot side pressure loss contribution onto
minimum SFCav and Weng is summarized in Figure 6.10. As expected, high effectiveness and
low pressure loss characteristics belong to high thermal efficiency cycle solutions, while the other
way around is found for minimum weight optimal points.

Figure 6.10: Effects of the intercooler parameters on the ICR Pareto frontier

The recuperator effects on the cycle thermodynamics are equivalent to what was presented
for the simple recuperated engine. Figure 6.11 summarizes the recuperator results for the ICR
configuration. The considerations reported in reference [62] regarding the recuperator optimal
hot and cold side pressure losses have been verified for the ICR case as well. Higher thermal
efficiency solutions have the greatest pressure loss located at the heat exchanger cold stream.

Figure 6.11: Effects of the recuperator effectiveness and total
pressure on the ICR Pareto frontier

Additional Parameters The optimized turbine power split is similar to the simple recuperated
engine. Both objectives are minimized for a power split which ensures that most of the power
extraction occurs in the HPT turbine. The HPT exit pressure is controlled to guarantee that
the RIT maximum value condition is respected and that a satisfactory heat transfer is achieved
in the recuperator channels (Figure 6.12 (a)).

The nozzle pressure ratio is kept as small as possible to limit the amount of engine mass flow
rate required, ensuring that a sufficient part power nozzle performance behavior is achieved.
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Similar to the RC model, a higher nozzle pressure ratio has been found for minimum weight
optimal solutions (Figure 6.12 (b)).

(a) Effects of turbine power split (b) Effects nozzle pressure ratio

Figure 6.12: Effects of turbine and nozzle parameters on the ICR Pareto frontier

Turbomachinery Optimal Solutions

The turbomachinery optimal solutions for minimum weight and SFC are presented in this para-
graph. The optimization philosophy applied to the RC engine turbomachinery variables remains
unaltered for the ICR configuration. The design vector is still modified with the objective of
maximizing the efficiency for the given flow conditions. However, the influence of the intercooler
is visible in the relative variation that the optimal compressor and turbine design vector assumes
in comparison with the simple recuperated gas turbine.

In fact, because of the intercooler presence, the thermodynamic cycle finds its optimum at
greater overall pressure ratios than in the simple recuperated case for the same engine power
output. Although this leads to an overall improvement of the cycle performance, generally,
the maximum attainable turbomachinery efficiency is slightly penalized due to the relatively
higher rotational speed and lower engine mass flow involved. Hence, compressors and turbines
constitutional parameters exhibit a different trend in the attempt of improving the component
efficiencies. More details are provided below for compressors and turbines.

Compressors Tables 6.5 and 6.6 present the compressor results for minimum SFC and minimum
weight solutions respectively. As visible, the optimizer copes with the reduced inlet mass flow by
diminishing the ν value to accommodate the given mass flow and improve the overall compressor
efficiency [143]. The impeller exit Mach number (M2) is dropped by rising the magnitude of exit
flow and blade angles for both optimization objectives. A slightly higher 2θc is finally selected
to properly control the vane loading parameter.

Table 6.5: Compressors design vector for minimum average SFC (ICR engine)

ν α2 β2 2θc ηS

LPC 0.347 63.059 -22.405 8.750 0.763

HPC 0.359 66.924 -12.607 9.372 0.766
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Table 6.6: Compressors design vector for minimum weight (ICR engine)

ν α2 β2 2θc ηS

LPC 0.344 62.193 -25.142 8.328 0.726

HPC 0.389 66.024 -13.491 9.341 0.777

No significant differences have been observed for the LP compressor exit Mach number
used to match this component with the intercooler as explained in section 5.4.2. The output
optimal values for minimum average specific fuel consumption and weight are: 0.3782 and 0.3343
respectively.

Turbines The turbine design vector results for minimum SFC and weight are reported in Tables
6.7 and 6.8 respectively. Slightly different optimal turbine design parameters can be detected
with the corresponding simple recuperated tables to better accommodate the change in mass
flow and rotational speed.

Table 6.7: Turbines design vector for minimum average SFC (ICR engine)

r0{r1 ν β3s ηS

HPT 1.444 0.437 -58.005 0.881

LPT 1.449 0.340 -56.295 0.779

Table 6.8: Turbines design vector for minimum weight (ICR engine)

r0{r1 ν β3s ηS

HPT 1.438 0.314 -56.379 0.886

LPT 1.419 0.415 -56.862 0.739

6.4 Semi-Closed Cycle Results

This section discusses in detail the optimization results for the two semi-closed cycles configura-
tions analyzed in this project, focusing on the effects that the different recirculated flow splitting
point has on the optimal design vector. As already anticipated in section 6.2, a significantly
better design performance can be obtained with the ERAST engine, while the HPRTE is supe-
rior in off-design. Evidence of this aspect will be also given from the different cycle optimization
outputs.

Because of the different engine arrangement, a slightly dissimilar optimal behavior is visible
for the ERAST and the HPRTE configurations. The typical trends observed in the open cycles
for turbomachines and heat exchangers main parameters are also experienced here. However,
since the semi-closed cycles operates at far greater OPRs the optimal solutions are far more
dependent on trade-off between individual component performance.

6.4.1 ERAST Coleman Engine

The ERAST Coleman engine represents a greater improvement in terms of engine compactness,
with respect to any of the other engine architectures considered in this work. Because the
feedback flow rate can be opportunely adjusted, the engine inlet fresh air is only sufficient to
guarantee that the combustion takes place, thus reducing the turbomachinery impact on weight
for the same power output.

Moreover, the combination of intercooler and mixer allows the engine to operate at far
greater overall pressure ratios than any conventional open cycle, improving the overall thermal
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efficiency and reducing the recuperator size. The intercooler element still constitutes one of the
biggest weight sources in the engine, as for the equivalent open cycle. Future design stages have
to identify opportune heat exchanger arrangements to cope with this common disadvantage.
Nonetheless, this architecture is promising.

Thermodynamic Optimality

The thermodynamic optimality is discussed in this paragraph, which has been organized simi-
larly to the open cycle cases. As mentioned, due to the recirculated nature of the engine, the
mutual interaction between component performance parameters and cycle overall behavior is
more significant than for the ICR open cycle case. The optimizer finds the optimal balance
between the different design variables to ensure the minimization of the objective function.

Turbomachinery Figure 6.13 shows the overall pressure ratio and the rotational speed effects
on minimum SFC and weight solutions. As visible, an almost double OPR has been identified
by the optimizer as optimal for the semi-closed cycle with respect to the ICR engine output
(Figure 6.8). The optimal pressure ratio split between LPC and HPC sees a higher value for
the first component (about 5.8 for the LPC and 4.7 for the HPC), for a total pressure ratio of
approximately 27.3 for both optimization objectives.

Since a much lower inlet mass flow is used by the LP components, a greater pressure ratio
can be obtained by the LPC for almost half of the turbine power required by an open cycle con-
figuration. Moreover, thanks to the intercooler, a quite important pressure rise is also achieved
through the HPC, despite the great mass addition in the mixer.

The effects of rotational speed are identical to the previous engines, with the highest RPMs
located at minimum SFC solutions. As a consequence of the almost doubled OPR, the shaft
rotational speed has to be increased. On the one hand, this contributes to reduce the size of
the turbomachinery block considerably, leading to a much more compact gas turbine also for
minimum SFC solutions. On the other hand, the compressors and turbines maximum efficiency
is lower than the equivalent open cycle components, due to the augmented size effects. Hence,
the remaining thermodynamic parameters are modified by the optimizer to account for this
turbomachinery deficit as well.

Figure 6.13: Effects of pressure ratio and rotational speed on the ERAST Pareto frontier

Combustor The effect of the turbine inlet temperature on the overall cycle performance is
identical to that experienced for conventional open cycle configurations (Figure 6.13). The
optimizer maximizes the TIT to improve both engine thermal efficiency and specific power,
considering the limitation imposed by the RIT and the turbine materials.
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Of a far greater importance is the equivalence ratio parameter (φst), which, as discussed in
section 3.3.2, directly influences the design feedback flow ratio. Figure 6.14 shows that minimum
SFC solutions correspond to equivalence ratios close to the upper bound, while, a lower φst value
leads to a weight reduction.

Increasing the equivalence ratio leads to a reduction of the inlet fresh air necessary to perform
the combustion [10], thus, diminishing the fuel required to reach the given TIT. The desired
power output is achieved by increasing the engine recirculation ratio, which becomes slightly
more than three times the inlet fresh air at the minimum SFC point.

Because an augmented feedback flow rate has a strong impact on the overall turbomachinery
weight, φst is reduced to approximately 0.88 for the minimum weight solution, which implies a
recirculation ratio of about 2.6. A further lowering of the equivalence ratio is not beneficial, be-
cause the weight of the LP components starts to become more significant. Figure 6.14 represents
the discussed trend.

Figure 6.14: Effects of turbine inlet temperature and equivalence ratio
on the ERAST Pareto frontier

Heat Exchangers A much stronger interaction between the intercooler/recuperator performance
parameters and the cycle thermodynamics has been found in the ERAST engine arrangement
more than in any other configuration analyzed. In particular the impact of the intercooler effec-
tiveness is far less significant than in any other configuration, while the recuperator has a much
stronger impact on the cycle performance. Similar observations have been derived for minimum
SFC as well as minimum weight solutions.

For a fixed design power output and TIT, improving the intercooler effectiveness leads to a
reduction of the HPC required power for a given pressure ratio. Because the HPT exit pressure
is fixed by the mixer, the power split between the two turbines is consequently constrained,
meaning that a higher HPT exit temperature is reached for a higher εIC . Since the RIT is
limited by the mechanical properties of the recuperator, there is a further constraint on the
maximum HPT exit temperature.

Few options are available to the optimizer to accommodate this. The LPC-HPC pressure
ratio split could be modified for the same OPR, reducing the LPC pressure rise which allows
for a greater expansion in the HPT. However, this causes a reduction of the LPT inlet temper-
ature, which implies the need for a greater engine inlet mass flow to accommodate the power
demand. Furthermore, as a consequence of the higher HPC pressure ratio the efficiency of the
HP components drops sharply, penalizing both SFC and weight.

In addition, the TIT could be slightly reduced to decrease the RIT, with the negative effect
of decreasing overall thermal efficiency and specific power. Alternatively, the heat exchanger
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effectiveness can be reduced. Because the recuperator has a strong influence on the overall
engine performance, the optimizer keeps this value high, also for minimum weight solution (see
Figure 6.15). While the intercooler effectiveness is dropped to approximately 0.7. This value
was also originally selected for the ERAST Coleman engine model [14].

Because the recuperator is placed in a high pressure loop, this operation becomes beneficial
also for minimum weight, and its effectiveness has been only slightly decreased for this last case.
From a pressure loss perspective, the semi-closed cycle HEX optimality appears similar to the
ICR, where minimum pressure losses are associated to minimum SFC solutions and vice versa.

Anagnostis [12] has observed that the influence of intercooler pressure loss on cycle thermal
efficiency is not extremely significant, while the HPC effciency is far more important. A similar
outcome has been observed in this project as well, where the impact of the cycle flow stations
on turbomachinery performance has been better captured by the detailed component model
created. In fact, the optimizer allows for a slightly greater p∆P {P qh in the intercooler with
respect to the ICR case, leading to a relatively higher recirculated mass flow rate, which allows
for a light improvement of the HPC efficiency.

(a) Effectiveness and total pressure loss (b) Hot and cold side pressure loss

Figure 6.15: Effect of recuperator performance parameters on the ERAST Pareto frontier

Additional Parameters The trend observed for the ICR open cycle gas turbine has been found
here for the nozzle pressure ratio variable. A slightly higher ΠNoz value has been detected for
ERAST engine configuration with respect to the open cycle arrangements. This can be explained
by looking at the NPSS optimized raw data. In particular, since the turbomachinery efficiency
is highly sensitive to mass flow, a relatively higher nozzle pressure produces a small increment
in the whole engine mass flow, which positively affects the rotating component efficiencies. The
different nozzle settings for minimum weight solutions are explained in a similar way of the open
cycles, looking at the off-design performance. Figure 6.16 summarizes the optimization output
data.

Turbomachinery Optimal Solutions

The turbomachinery output data for minimum average specific fuel consumption and weight are
provided in this paragraph for the ERAST engine. Although some similarities can be observed
with respect to the intercooled-recuperated open cycles, the far greater overall pressure ratios and
rotational speed have an impact on compressor and turbine parameters for maximum efficiencies.

In particular, due to the smaller size of the LP compressor and the higher pressure ratios
involved, the maximum attainable efficiency is significantly reduced compared to the open cycle
architectures. Less important size effects have been observed for the high pressure components,
where the addition of the feedback flow makes the efficiency only slightly reduced with respect
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Figure 6.16: Effects of nozzle pressure ratio on the ERAST Pareto frontier

to conventional arrangements. On the other hand, the smaller mass flow employed in the LPT,
reduces the turbine exit losses improving the efficiency of this component with respect to the open
cycles and proving that radial configuration is a good solution for the semi-closed arrangement.

Compressors Compressor data for minimum SFC and minimum weight are summarized in
Tables 6.9 and 6.10. The higher pressure ratio is achieved with a greater impeller flow angle,
while the blade angle is used to control the diffusion ratio and ensure the structural integrity
of the compressor. The remaining parameters have been set to accommodate the different inlet
flow conditions and to limit the vane loading.

Table 6.9: Compressors design vector for minimum average SFC (ERAST engine)

ν α2 β2 2θc ηS

LPC 0.404 66.765 -12.963 9.448 0.738

HPC 0.347 65.786 -10.804 8.799 0.768

Table 6.10: Compressors design vector for minimum weight (ERAST engine)

ν α2 β2 2θc ηS

LPC 0.397 66.619 -12.784 8.453 0.733

HPC 0.349 65.918 -10.212 9.566 0.764

A slightly higher LPC/mixer matching Mach number has been found optimal for the ERAST
model: 0.4215 for the minimum SFC solutions and 0.4142 for minimum weight.

Turbines Similarly, turbine parameters have been given in Tables 6.11 and 6.12. The slight
differences with the open cycles turbines can be entirely attributed to the dissimilar amount of
mass flow handled by the HPT and LPT elements.

Table 6.11: Turbines design vector for minimum average SFC (ERAST engine)

r0{r1 ν β3s ηS

HPT 1.320 0.452 -56.799 0.872

LPT 1.411 0.494 -60.208 0.849
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Table 6.12: Turbines design vector for minimum weight (ERAST engine)

r0{r1 ν β3s ηS

HPT 1.367 0.331 -56.534 0.877

LPT 1.419 0.336 -59.732 0.856

6.4.2 HPRTE Engine

The HPRTE semi-closed cycle arrangement shares some of the design features with the ERAST
model. However the different feedback flow ratio splitting point position introduces significant
differences in the multi-objective optimization outcome of certain variables. As a consequence,
the HPRTE engine possesses far better part power performance than any other configuration
discussed in this work, as shown in section 6.2. The HPRTE optimized design vector is presented
in the following paragraphs, discussing differences and similarities with the ERAST model.

Thermodynamic Optimality

The HPRTE thermodynamic optimality is presented here. The cycle operates at far greater
pressure ratios than the conventional intercooled-recuperated open cycle, as for the ERAST
case. However, the splitter element located after the heat exchanger offers a better control of
the recirculation ratio in part power, leading to superior cycle performance at low engine power
demand. Furthermore, the selection of optimal HEX parameters is also much less influenced by
the RIT than for the ERAST model.

Turbomachinery The effects of overall pressure ratio and rotational speed are perfectly in
agreement with what was displayed for the ERAST engine. A relatively higher OPR has been
observed for the HPRTE, with a pressure ratio split of about 6.2 on the LPC and 5.0 on the
HPC, for a total OPR of approximately 31.0 for minimum SFC and weight solutions (Figure
6.17).

Because the recuperator operates with the total engine mass flow, the heat transfer across
the heat exchanger is far less affected by a higher OPR than in the ERAST model. Hence, the
optimizer can further increase the overall pressure ratio, improving the cycle thermal efficiency
and specific power.

(a) Effects of OPR and rotational speed (b) Effects of compressor pressure split

Figure 6.17: Effect of turbomachinery variables on the HPRTE Pareto frontier

Combustor The influence of TIT on the optimization objectives is in agreement with the trend
observed for the other cycles. The optimizer maximizes the turbine inlet temperature, within
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the feasibility range, to improve thermal efficiency and specific power. A value of approximately
1565K has been set by the optimizer for minimum SFC and weight solutions (Figure 6.18 (a)).

The equivalence ratio parameter shows a trend similar to the ERAST model, where a lower
φst value has been found optimal to primarily diminish the HP components weight, through the
reduction of the recirculated flow rate. While, a higher equivalence ratio has been registered for
minimum SFCav solutions (Figure 6.18 (b)).

However, the ERAST engine shows a more stoichiometric combustion for the minimum
average specific fuel consumption points than the HPRTE configuration. This is understandable,
considering the different recuperator effectiveness behavior discussed in section 6.2. Because the
HPRTE has the recuperator hot side exit temperature limited by LPT, more fresh air is needed
in the combustor to reach the given TIT.

A smaller design equivalence ratio allows to introduce more fresh air into the engine, reducing
the feedback flow ratio for the same output power. Consequently, the optimizer sets the φst
design value to about 0.91 for minimum SFC, with respect to the approximately 0.95 of the
ERAST engine.

(a) Effects of turbine inlet temperature (b) Effects of equivalence ratio

Figure 6.18: Effect of combustor variables on the HPRTE Pareto frontier

Heat Exchangers A different heat exchanger optimal behavior has been observed for the HPRTE
engine with respect to the ERAST arrangement. The importance of the intercooler is much more
significant here, as shown in Figure 6.19. This can be explained by considering different cycle
arrangements between HPRTE and ERAST, Figures 2.3 and 2.4 respectively.

In design, the HPRTE recuperator hot side exit temperature is strongly influenced by the
LPT performance and power demand. In fact, because the splitter is located after the recuper-
ator (Figure 2.3), the maximum heat transfer across the HEX has to be limited, which results
in a mixer core side inlet temperature significantly higher than in the ERAST case.

Therefore, a more effective intercooler becomes essential not only for an improvement in
SFC, but also in weight, since it significantly reduces the HPC inlet temperature, thus dropping
the compressor power demand. As a consequence, the HPRTE intercooler effectiveness range
goes from 0.77, for minimum weight, up to 0.92, for minimum SFC (Figure 6.19).

The intercooler hot side pressure loss behavior is similar to the ERAST engine. The cycle
sensitivity to intercooler pressure loss variation is far less significant than for the ICR open cycle,
as already observed in [12].
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Figure 6.19: Effects of the intercooler parameters on the HPRTE Pareto frontier

The recuperator parameters trend, presented in Figure 6.20, is in agreement with the ERAST
output data. A higher effectiveness and low pressure drop is characteristic of minimum SFC
solutions and vice versa. As mentioned, the maximum effectiveness achieved by the HPRTE
configuration is slightly lower than the ERAST case to accommodate the power demand of the
LPT. The greater HEX pressure losses are located at the recuperator cold side, in agreement
with previous observations made for the other engines (Figure 6.20 (b)).

(a) Effectiveness and total pressure loss (b) Hot and cold side pressure loss

Figure 6.20: Effect of recuperator performance parameters on the HPRTE Pareto frontier

Additional Parameters The effects of nozzle pressure ratio on the whole cycle performance
resemble the observation made for the ERAST engine. A slightly higher design ΠNoz value
is visible in the NPSS output data with respect to the open cycles, which implies a small
improvement in the turbomachinery performance, as stated previously.

Turbomachinery Optimal Solutions

Consideration made for the ERAST turbomachinery optimized design parameters can be applied
here. Due to the high rotational speed and low mass flow rate, the maximum efficiency level of
compressors and turbines are generally reduced compared to the open cycles. This is particularly
true for the LPC and the HP turbomachinery where the component deficiencies behave as for the
ERAST model. Slightly lower values than the ERAST engine have been observed for the LPT,
due to the higher amount of fresh air used by the engine. Since semi-closed cycles have been
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proven to be quite sensitive to the turbomachinery efficiency, as already observed by Anagnostis
[12], the optimizer properly modifies the turbomachinery variables to ensure that maximum
efficiency has been obtained for the given inlet flow conditions.

Compressors Tables 6.13 and 6.14 summarizes the optimal compressor design vector for the
minimum SFC and weight Pareto frontier solutions respectively.

Table 6.13: Compressors design vector for minimum average SFC (HPRTE engine)

ν α2 β2 2θc ηS

LPC 0.406 65.822 -9.090 8.555 0.738

HPC 0.340 64.615 -7.686 8.962 0.760

Table 6.14: Compressors design vector for minimum weight (HPRTE engine)

ν α2 β2 2θc ηS

LPC 0.3795 65.5602 -9.2765 8.282 0.723

HPC 0.3301 64.6395 -9.2144 9.414 0.740

The LPC matching mach number is 0.4352 and 0.4156 for minimum SFCav and Weng of the
HPRTE engine. Similarity with the ERAST optimal solutions can be found here, showing that
the impact of the mixer is equivalent in both engines.

Turbines Tables 6.15 and 6.16 similarly display the turbine results.

Table 6.15: Turbines design vector for minimum average SFC (HPRTE engine)

r0{r1 ν β3s ηS

HPT 1.552 0.458 -57.739 0.878

LPT 1.533 0.434 -59.988 0.842

Table 6.16: Turbines design vector for minimum weight (HPRTE engine)

r0{r1 ν β3s ηS

HPT 1.568 0.385 -57.654 0.872

LPT 1.455 0.519 -58.476 0.813

6.5 Conclusions

The different objectives discussed in section 1.2 have been entirely addressed throughout this
thesis work. A detailed component performance and weight model has been built, with the objec-
tive of better characterizing the impact that individual thermodynamic parameters have on the
whole cycle behavior. Limiting aspects of the commonly employed turbomachinery performance
tools have been discussed, giving reasons for the more advanced methodology implemented with
respect to the objective of this work.

The developed tool has been subsequently coupled with a multi-objective algorithm to es-
tablish optimal engine settings for a simple recuperated and an intercooled-recuperated open
cycle, together with the two intercooled-recuperated semi-closed cycle architectures: the ERAST
Coleman engine [14] and the HPRTE configuration [10, 11]. The cycles have been built using
the same component arrangements, and the optimization study has been performed with the
minimization of SFCav and Weng as common target.
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The primary objective of the analysis has been the study of the cycle design performance to
identify whether the semi-closed cycle positive features, underlined in other engineering stud-
ies, could be applicable to UAV gas turbines designed for high altitude missions. The part
power study has been included in the analysis to compare the engine response to off-design flow
characteristics and assess differences with conventional state-of-the-art open cycles, establishing
whether future research on semi-closed cycles should be addressed.

6.5.1 Results Summary

The main outcomes of this thesis work can be summarized by the following points:

• Despite the presence of intercooler and recuperator, the semi-closed cycle arrangements
lead to a significant engine weight reduction for the same average SFC with respect to
any of the open cycles analyzed. This is primarily due to the recirculated nature of the
engine, which allows to achieve higher pressure ratios, further reducing the engine inlet
mass flow requirement for the same power output. Consequently, the turbomachinery
and heat exchangers becomes more compact, leading to an overall weight reduction factor
greater than two.

• Among the semi-closed cycles analyzed here, the ERAST configuration allows for the
greatest weight reduction. This is entirely associated to the different feedback splitting
point location, which leads to a further reduction of the inlet mass flow rate needed by the
engine. Hence, if weight is a concern, the ERAST configuration should be employed.

• The semi-closed cycle arrangements show advantages also in terms of average specific
fuel consumption, since a slightly lower minimum SFCav has been obtained during the
optimization. The ERAST model leads to lower SFC values, since this configuration can
be better adjusted by the optimizer to cope with the feasibility constraints set on the
engine.

• For the same average specific fuel consumption, the different position of the splitter element
between ERAST and HPRTE engines results in a complete different performance behavior.
The ERAST engine shows superior response at design flow conditions, while the HPRTE
presents improved performance at low engine power demand. Therefore, for applications
that require the engine to run at low power for a significant part of its mission, the HPRTE
configuration is preferred.

6.5.2 Future Work

Certain improvements have been suggested throughout the development of this document re-
garding the created model and the analysis performed here. Primary key improvements that
have been left as future work are summarized in this section, dividing the treatise according to
model and analysis amelioration. The first refers directly to the component performance and
weight model, while the second to the performed analysis.

Model Improvements

The following suggestions have been indicated as future work to improve the current model
capabilities for a more detailed study of semi-closed cycles:

• The radial turbomachinery off-design model should be improved through the employment
of the hereby obtained design geometry and loss models to derive component maps. This
ensures a better off-design efficiency estimation for compressors and turbines, increasing
the accuracy of the predictions with respect to the common scaling approach.
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• During the optimization specific speed and specific diameters have been monitored to
ensure the feasibility of using radial turbomachinery for the current analysis. It has been
observed that the calculated ns and ds are within the range where axial and radial solutions
could be of interest. This is particularly true for the turbine block. Hence, it would be
beneficial to investigate the implementation of an equivalent performance and weight model
for axial stages, comparing the resultant optimized performance and weight with the one
currently gathered.

• A single shaft architecture has been employed in this analysis to reduce the engine com-
plexity, as typically done for UAV applications. However, it would be of interest to perform
a similar study with a twin shaft configurations, which allows more control on the turbo-
machinery rotational speed, consequently potentially improving the peak efficiency of this
last.

Analysis Improvements

The following ameliorations have been identified for future semi-closed cycle analysis, that can
be realized with the implemented model:

• The effects of reduced engine size, altitude variation and a more cost effective technological
level should be addressed in future work. This helps to evaluate whether the semi-closed
cycle solution remains competitive with more conventional solutions.

• Considerations on take-off performance have not been included in this preliminary work.
It was more of interest here to evaluate design and part power engine behavior at the
design altitude, assessing whether a semi-closed cycle small gas turbine could represent
an interesting alternative to conventional open cycle configurations. Thus, identifying
whether advantages discussed in literature for naval and ground applications could be
applicable here.

• Including a take-off study in the current optimization analysis implies a significant effort
for the optimizer to find a geometry capable of satisfying all the requirements defined
here. The extremely high altitude used in this project makes this approach even more
sophisticated for the solver. A more effective methodology has been presented in reference
[97], which could be included in the model to improve the performance of the algorithm,
before the optimization takes place. In particular, the author discusses a multi-design
point approach built entirely in NPSS, which allows to obtain thermodynamic design data
capable of satisfying multiple performance requirements of numerous design and off-design
points simultaneously. This approach could be investigated to improve the multi-objectives
optimization algorithm search path and better define the optimization bounds to include
the take-off study.

6.5.3 Recommendations

The combustor has been identified in different publications [10, 11, 14, 17, 18] as the most
critical aspect and parameter of success of semi-closed cycles. As observed also in this work, a
significant amount of burnt product is introduced in the combustor, which improves the cycle
thermal efficiency and the engine compactness. Burner cooling represents the first challenge,
which could be solved through a detailed combustor design phase.

More important are the effects that burnt products have on combustion performance in
design and off-design. The only detailed experimental work has been discussed in reference
[69], with a recirculation ratio that is small in comparison with what is identified here to be
optimal. Similar semi-closed cycles advantages on emissions have been found in [10, 11, 17, 19]
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for greater recirculation ratios, with combustor adapted and not fully optimized. Hence, a far
greater combustion research has been recommended here in a separate section, to stress out the
importance of this component on the successful realization of semi-closed cycles.
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APPENDIXA

Centrifugal Compressor

This appendix contains all the information related to the compressor model developed in this
thesis. Initially, additional information on current modeling techniques investigated within the
literature review section will be provided, completing what just briefly presented in section 2.3.1.
Evidence of limiting aspects in the employment of scaling factors (section A.1.1) or lower fidelity
models (section A.1.2) will be further discussed within the objectives of this work. Moreover,
a complete description of the theoretical background of the higher fidelity methodology imple-
mented finds sufficient explanation in the following sections. Specific details will be provided
on the meanline approach (section A.2.1) and the Galvas loss model (section A.2.2), just briefly
mentioned in the main body of this document. Finally, a complete description of the model
implementation is provided in section A.3.

A.1 Simple Models

Different simple models have been developed to quickly estimate the centrifugal compressor de-
sign performance with no or little knowledge on the actual geometry. These models are typically
employed in preliminary thermodynamic analysis to have a realistic prediction of the compres-
sor efficiency as function of fundamental cycle parameters such as: mass flow, pressure ratio,
etc. As discussed, scaling techniques are commonly used to produce, from existing reference
data, an equivalent machine of a different size, according to the similarity principle [22, 23].
Theoretically, ignoring Reynolds and Mach effects, two compressor having in common specific
speed and diameter are similar, thus, exhibit same flow mechanism and efficiency. Efficiency
correction have been developed to account for penalties due to size effects.

As discussed by Rodgers [16, 147], scaling effects are not the only phenomena that prevent
to obtain high efficiency machine from a good performing reference. Manufacturing and tech-
nological aspects have a significant impact on the peak efficiency of a small scale centrifugal
compressor. Models have been developed to include clearance and pressure ratio penalties due
to manufacturing limitations into the scaling methodology, improving the efficiency prediction
of the method. Alternatively, empirical formulations are available to derive the centrifugal com-
pressor efficiency only as function of thermodynamic cycle data. All these aspects are discussed
with more details in the following.

A.1.1 Compressor Scaling Technique

As stated, scaling techniques are commonly employed for preliminary performance analysis.
They are similarly defined for compressors and turbines, allowing for satisfactory efficiency pre-
dictions of the turbomachinery block without entering into much detail on the actual geometry.
Being this approach theoretically based on the similarity principle [22, 23, 27], the more the ref-
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erence and the scaled machine are similar, the better the accuracy of the method. As discussed
in [15, 31], not only Reynolds and Mach effects, but also heat transfer between hot and cold
components, secondary losses and manufacturing limitations prevent from obtaining efficient
small gas turbines form highly performing references. Therefore, several relations have been
developed to model these phenomena in the efficiency evaluation of the scaled machine.

Size effects

The open literature provides different set of expressions that allow to scale down from an existing
reference and to account for Reynolds or size effects. Equation A.1 originally proposed by C.
Pfleiderer in 1946, and reported in [30], expresses the efficiency of the scaled compressor (η) as
function of the reference efficiency (ηref ) and the ratio between the reference Reynolds number
(Reref ) and the new Reynolds number (Re). Note that within the Reynolds number definition
is included the effect of the geometrical scale embedded in the impeller tip diameter (D2).

1´ η

1´ ηref
“

”Reref
Re

ın
(A.1)

Reynolds number is defined as:

Re “
ρ1U2D2

µ1
(A.2)

The parameter n denotes the Reynolds ratio exponent and assumes value between 0.16 and
0.5, depending on compressors, as reported in [30]. Equation A.1 measures to what extent the
similarity principle holds. In fact, two perfectly similar machines show common flow character-
istics, thus, have same efficiency. The Reynolds ratio in equation A.1 measures the geometry
and flow dissimilarity between reference and the scaled machine, which prevents from having
similar performance [30].

A lot of experimental work has been conducted by NASA in order to find the best data
fitting for the Reynolds ratio exponent, as discussed in the technical reports [115, 148] and
summarized in [30]. Rodgers [16] proposed a similar relation where the dependency on the
impeller tip diameter is directly visible. This is only valid if the reference and derived design
Reynolds number are defined at the same flow conditions and rotational speed. In such case,
equation A.1 can be rewritten as:

1´ η

1´ ηref
“

”Dref

D

ın
(A.3)

For rotor diameters smaller than 5in (12.7cm), Rodgers [16] suggests to replace Dref with 5
in (12.7 cm). To be precise, equation A.3 assumes that the Reynolds effects are only dependent
on the geometrical scaling. If strong differences between the reference and the scaled compressor
Reynolds number are present, equation A.3 cannot be employed.

A more generalized formula has been originally formulated by NASA [29] and reported by
many authors. The overall Reynolds effects have been divided into losses associated to viscous
(profile and windage) and non-viscous (mixing or trailing edge) losses. Equation A.1 has been
rearranged into equation A.4 introducing the constant a. a is the Reynolds independent loss
fraction and it assumes values between 0.3 and 0.4, according to [31].

1´ η

1´ ηref
“ a` p1´ aq

”Reref
Re

ın
(A.4)

A considerable amount of work has been performed on equation A.4 to find the best settings
for a and n. Wiesner [149] suggests that the parameter n should be expressed as direct function
of Reynolds number to improve the empirical correlation. Moreover, as reported in [30], equation
A.4, has been further rearranged by Simon and Bülskämper [150] and Strub et al. [151], replacing
the Reynolds number ratio with the pipe flow friction factor Cf . This eliminates the equation
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A.4 dependence on the parameter n. The final form of the proposed equation is below reported
for reference as discussed in [30, 152].

1´ η

1´ ηref
“ a` p1´ aq

” Cf
Cf,ref

ı

(A.5)

Cf and Cf,ref can be obtained from Colebrook’s equations or from their visual representation
by means of the so called Moody chart [30]. Despite the effort of determining a better form
for equations A.1 and A.4, Casey [152] pointed out that no universal validity can be assumed
for the previously discussed methodologies. This has to be attributed to the dependency of the
equations on the coefficients a and n, which cannot be globally defined for every compressor
case. The latest formulation proposed (equation A.5) removes the reliance on n, however, the
specific selection of a is still needed for high fidelity predictions.

Casey [152] presents a completely new formulation for a single-stage compressor which is
based on the observation that the friction losses of a compressor stage are similar to the one
experienced in a fully turbulent pipe flow. The paper also mentions that the optimal definition
of the Reynolds number for estimating the friction losses is in accordance with equation A.2.
The proposed approach has the advantage of removing any dependence on empirical constants,
with the benefit of having a more universally valid method. The complete model of Casey is
discussed in [152, 153].

Pressure ratio effects

The scaling effects are not the only source of loss that has to be accounted to predict the effi-
ciency of a new compressor. As discussed by Rodgers in [16], it is strongly beneficial to generate
high pressure ratios compressor stages to achieve good overall cycle efficiencies. A demand of
higher pressure ratio is realized through an increase of the impeller rotational speed, which it
is translated in an increment of both rotor inlet and exit Mach numbers. Accurate diffusion
and component matching at higher impeller exit Mach numbers becomes harder. Therefore
the overall peak stage efficiency will strongly be dependent on the compressor design aerody-
namic quality. In particular for small turbomachines, manufacturing limitations prevents from
obtaining optimal aerodynamic designs, thus setting a limitation in the maximum compressor
efficiencies. Rodgers [16] proposed a relative simple expression (equation A.6) to account for
efficiency penalties due to Mach and pressure ratio effects.

∆ηc “
C
?
γR

´P04

P01
´ 2.0

¯

(A.6)

where, C is a constant that can be set to 0.13 for current small compressors with zero
prewhirl, and the efficiency penalty (∆ηc) is expressed as adiabatic total to total.

Manufacturing considerations

In the preliminary analysis, it might be of interest to track the additional efficiency penalties that
are associated to manufacturing limitations. In particular, for small gas turbines, the component
efficiency is affected in a more significant way by clearance and surface roughness, both defined
by the machining process. while the last can partially be captured through the size effect theory
discussed previously, the first needs a more dedicated formulation. Rodgers [16], discussed a
straightforward relation to model the tip clearance losses. This can be done using equation A.7
and assuming a value of the clearance to blade height parameter (Cc{hc).

∆ηc “ 0.20
´Cc
hc
´ 0.02

¯

(A.7)

Extensive development on small gas turbines has shown that is difficult to maintain com-
pressor tip clearance below than 0.007in („0.018cm), see Rodgers [16].
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With these information, the efficiency prediction of simple scaling methods can be made more
accurate, including loss source models for main flow phenomena and manufacturing aspects.
Rodgers [147] reports a similar set of equations as well as a baseline reference data to properly
employ this methodology.

Although, the already discussed advantages of the scaling approach are evident here, a
reliable efficiency predictions can only be made for design cases that obey as close as possible
to the similarity principle. Otherwise, the application of equation A.4 or similar might lead to
considerable error.

A.1.2 Empirical Relations

An alternative solution to account for efficiency variation as function of purely thermodynamic
parameters is represented by empirical relations. Simple models are available in literature that
can be used for a preliminary cycle analysis. Korakianitis and Wilson [32] introduce equation A.8
to characterize the compressor efficiency decrease with the increase of pressure ratio. This model
has been applied to simple, recuperated, intercooled-recuperated shaft-power and jet-propulsion
cycles.

ηpoly “ 0.91´
Πc ´ 1

300
(A.8)

Note that ηpoly represents the total to total polytropic efficiency. No differentiation between
the turbomachinery arrangement is made in reference [32], nor limit of applicability have been
indicated. Hence, this model can be used only for preliminary calculations, independently on
compressor type and number of stages. Limited accuracy and reliability have to be accounted
in the employment of this treatise.

Reference [33], proposed an updated version of the previously discussed model, specializing
it for axial and radial machines and including size effects as well. Equation A.9 can be used
for centrifugal compressors. Note that the component efficiency is expressed in total to static
polytropic efficiency (ηpoly,ts) and Πts represents the total to static pressure ratio.

ηpoly,ts “ 0.878` 0.030 lnp 9mq ´ 0.0037 Πc,ts (A.9)

As reported in [33], equation A.9 can be employed for centrifugal compressors with an inlet
mass flow rate ( 9m) not exceeding 90kg/s. Size effects are modelled by means of the inlet mass
flow term and pressure ratio effects can be captured with the last block of the equation.

Finally, a fully empirical relation has been discussed in [34]. Equation A.10 represents the
empirical data fitting of a range of published transonic axial and radial compressors stages data.
The compressor total to total adiabatic efficiency variation as function of pressure ratio can
easily calculated from:

ηc “ 1´ c1pc2 `

b

c2
2 ` pΠc ´ c3q{c4 (A.10)

where:

c1 “ 0.120 c2 “ 0.901

c3 “ 7.236 c4 “ 7.521

A.2 Advanced Models

As discussed in section 4.2, the requirements of this thesis project cannot be properly satisfied
throughout the employment of the simple expressions previously introduced. More accurate
performance and weight predictions as function of the cycle thermodynamics can only be made
by means of higher fidelity models. As seen, empirical loss and weight models have been identified
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as the optimal solution for this analysis. Sufficient geometrical knowledge is a priori needed to
employ these methods. Meanline design thechniques can provide the necessary geometrical
insight required.

At the base of these methodologies there is a relatively simple mathematical treatise that
involves fundamental laws of fluid dynamics applied to turbomachines. This allow to estimate
main compressor dimensions and flow mechanisms from known inlet flow conditions and design
requirements. Multiple meanline procedures have been discussed in literature. The complexity
of these methods increases depending on the level of details required by the designer. Since the
objective here is not to fully design the compressor, only preliminary geometrical information
are needed. Therefore, a relatively simple technique had to be identified that matches with the
loss and weight models employed.

The following treatise addresses the centrifugal compressor modeling aspects identified as
suitable for this thesis work. A detailed discussion regarding the compressor geometrical char-
acterization is presented in section A.2.1, while performance aspects are treated in section A.2.2.

A.2.1 Compressor Meanline Method

Normally, centrifugal compressors are composed by the following sub-elements: impeller, vane-
less and/or vaned diffuser. The main static pressure rise is given by the combination of impeller
and diffuser. In most applications, the solely vaneless diffuser is sufficient to achieve the de-
sired pressure ratio. However, this might require a long flow path not easily reducible, since
a sufficient radius ratio is necessary to gain pressure rise from the conservation of the angular
momentum [41, 43]. Therefore, a vaned diffuser could be introduced where significant pressure
rise is needed to contain the compressor size. Lower efficiencies are normally experienced for
off-design flow conditions.

For industrial compressor and turbocharger applications further pressure rise is achieved in
the volute. For a well design volute system, the efficiency loss introduced is in the order of 2% to
5%, which makes their employed uncommon in aerospace compressors [154]. Therefore, volute
modeling has not been addressed.

Impeller considerations

Most of the modeling effort has been dedicate to the characterization of the impeller due to
the importance that this element has on the whole compressor performance. Since no energy is
absorbed by the diffuser section, the entire power demand is determined by the flow conditions
across the impeller. Moreover, as this element constitutes the major efficiency loss source [37].
Hence, most of the geometrical knowledge needed to employ empirical loss models belong to this
element.

References [26, 41, 155] present an interesting meanline technique that provides sufficient
design geometrical data for the successful employment of the Galvas loss model [36, 37]. The
treatise is based on a general dimensionless analysis, derived from fundamental turbomachinery
principles, that can be specialize to the particular case of interest, using known inlet flow data.
Assuming inlet mass flow and stagnation conditions known, two assumptions hold in this method:

1. The working fluid is modeled as ideal gas.

2. No degree of prewhirl has been assumed (α1 “ 0).

Two dimensionless group have to be defined before introducing the full methodology: the
θ-parameter and dimensionless rotational speed (Mu2). The former represents the compressor
non-dimensional mass flow rate, which can be expressed as function of the impeller inlet hub to
tip ratio (ν “ r1h{r1s) and the impeller inlet tip/shroud to exit radius ratio (r1s{r2), as shown
in [41].
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θ “
9m

πr2
2ρ01a01

“
r2

1s

r2
2

p1´ ν2q
ρ1

ρ01

C1s

a01
(A.11)

The latter parameter is the impeller dimensionless rotational speed defined as: Mu2 “ U2{a01.
Euler’s turbomachinery equation expresses the compressor power per unit of mass flow as direct
function of the velocity triangle, as shown by equation A.12.

9W

9m
“ pU2Cθ2 ´ U1Cθ1q (A.12)

From thermodynamic considerations, equation A.12 can be rewritten as:

T02

T01
“ 1`

γ ´ 1

γRT01
pU2Cθ2 ´ U1Cθ1q (A.13)

The impeller total-to-total isentropic efficiency definition reported below can be further re-
arranged as explicit function of the impeller pressure rise (equation A.14).

ηI “
h02id ´ h01

h02 ´ h01
“
pP02{P01q

pγ´1q{γ ´ 1

T02{T01 ´ 1
(A.14)

By combining equation A.13 with equation A.14, equation A.15 is obtained. This final form
directly relates the impeller total-to-total pressure rise to the velocity triangle and the impeller
efficiency parameter ηI .

ˆ

P02

P01

˙pγ´1q{γ

“ 1`
γ ´ 1

γRT01
ηIpU2Cθ2 ´ U1Cθ1q (A.15)

By replacing the impeller efficiency in equation A.15 with the overall total-to-total compres-
sor efficiency (ηS), it is possible to compute the compressor stage pressure rise (Πc). Hence,
equation A.15 includes all the elements necessary to fully characterize the compressor behavior
because it relates the thermodynamic of the machine with its aerodynamic design through the
inlet/outlet velocity distribution. The complexity associated to the application of this relation
lays on the determination of the efficiency and the tangential velocity components.

As discussed in detail by Whitfield and Baines [26, 41], major impeller loss sources can be
identified with skin friction and tip clearance effects. The first is proportional to the square
of the relative velocity and the flow path length, the second, depends on tip clearance gap to
blade height ratio. Therefore, a procedure has been developed in reference [41] which defines
the requirements for the impeller inducer and discharge elements with the intent of minimizing
these two loss mechanisms.

Inducer design According to [41], the inducer has to guarantee that the required mass flow
is entering the impeller with the lowest possible relative Mach number. This minimizes the
design incidence losses. In addition, Rodgers [156] observed that the minimization of the inlet
relative Mach number is also beneficial for obtaining stable operating conditions between choke
and stall; as the stability range decreases with the increase of the relative inlet velocity.

For zero degree of prewhirl, the inlet velocity triangle can be expressed as follows:

W 2
1s “ C2

m1s ` U
2
1s (A.16)

This relation can be algebraically rearranged in terms of Mach numbers into the final form
given in equation A.17 [41]. The inducer relative Mach number (M1sr) is explicitly function
of the dimensionless parameters introduced previously, ν and the absolute inlet Mach number
(M1s).

M2
1sr “M2

1s `
θM2

u2

p1´ ν2q

1

M1s

´

1`
γ ´ 1

2
M2

1s

¯

3γ´1
2pγ´1q

(A.17)
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The graphical representation of equation A.17 has been reported in Figure A.1 as function
of θM2

u2{p1´ν
2q. As displayed, the typical minimum inlet relative Mach number occurs for flow

angles (β1s) between -56 and -64 degrees.

Figure A.1: Relative Mach number as a function of inducer absolute
Mach number and θM2

u2{p1´ ν
2q [26]

To get the minimum relative Mach number for a given mass flow rate is possible to maximize
the flow rate for a given relative Mach [41]. Stanitz [157] provides a methodology that allows to
obtain the optimal flow angle (β1s) to achieve the objective mentioned. By rewriting equation
A.17 as explicit function of the flow angle, considering that M1s “M1sr cosβ1s, and by differen-
tiating it with respect to β1s, equation A.18 can be derived. The whole derivation is presented
in [157] and summarized in [41], only the final form of the equation is below presented.

cos2 β1s “
3` γM2

1sr

2M2
1sr

!

1´
”

1´
4M2

1sr

p3` γM2
1sr
q2

ı1{2)

(A.18)

The graphical result of equation A.18 is reported in reference [26, 41], showing the line of
optimal β1s on Figure A.1. Further discussion on the inducer design is reported in reference
[155], showing the influence of the remaining impeller main design parameters onto M1sr .

By rearranging equation A.11, is possible to explicit the inlet tip to exit radius ratio as
function of the θ-parameter and inlet Mach number (equation A.19). By combining this equation
with equation A.17 is possible to calculate the value of r1s{r2 that ensures minimum relative
Mach number for the given the mass flow, hence, concluding the inducer design.

r1s

r2
“

«

θ

p1´ ν2qM1sp1`
γ´1

2 M2
1sq
´

γ`1
2pγ´1q

ff1{2

(A.19)

The link between inducer and discharge design is created by means of the dimensionless
parameters, which ensures that continuity is respected. It has to be noted that all the geometrical
quantities obtained so far have been expressed as fractions, leaving this approach perfectly
adaptable to any impeller flow inputs.
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Discharge design Equation A.15 can be rewritten into a form that depends only on dimen-
sionless quantities and flow/blade angles. With the assumption of zero prewhirl and applying
the isentropic speed of sound definition (a01 “

a

γRT01), equation A.15 becomes:

Π
pγ´1q{γ
c “ 1` pγ ´ 1qηSλM

2
u2 (A.20)

This equation directly relates the stage total-to-total pressure ratio (Πc) to the compressor
velocity triangle via the work factor definition (λ “ Cθ2{U2). As shown in equation A.21, the
work input coefficient is directly function of the impeller exit flow angle (α2), the impeller exit
blade angle (βB2) and the slip factor (σ).

Cθ2 “
σU2

1´ tanβB2{ tanα2
“ λU2 (A.21)

In a fully radial machine, due to the air inertia, the air trapped between the impeller vanes
is reluctant to move around with the impeller, this effect implies a higher static pressure on the
leading face of a vane than on the trailing face. For this reason, the air cannot acquire a whirl
component which is equal to the machine rotational speed [111].

The coefficient σ in equation A.22 is employed to model this phenomenon called slip effect.
A graphical explanation is also reported in Figure A.2 for purely radial and backswept impellers
showing how the exit velocity triangle is affected by the slip effect.

Figure A.2: Slip effect on impeller exit velocity triangle (σ “ 1´ Cslip{U2) [26]

As seen, the slip factor (σ) is a limiting feature of the work capacity of the compressor and it
should be maximized. Different models are available in literature to accurately predict the value
of σ. A detailed presentation of the slip factor empirical models is reported in the following
paragraph. It can be anticipated here that the overall blade number parameter (ZB) has an
important influence on its value. In particular, increasing the vane number leads to a higher slip
factor coefficient, with the drawback of augmenting losses due to friction.

Combining the definition of the exit absolute Mach number (M2 “ C2{a2) with equation
A.21, equation A.22 can be obtained as shown in [41].

M2 “
Mu2λ{ sinα2

 

1` pγ ´ 1qM2
u2λr1´ p0.5λ{ sin2 α2qs

(1{2
(A.22)

The inlet shroud tip rotational speed (U1s) is also related to the impeller inlet tip/shroud to
exit radius ratio through the following relation:

U1s

a01
“
U2r1s

a01r2
(A.23)
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From the inlet velocity triangle (Figure A.2), equation A.24 can be derived to calculate the
inlet relative Mach number or to verify that the minimum relative Mach number predicted with
equations A.17 and A.18 is consistent.

M1sr “
pU1s{a01q{ sinβ1s

1´ rpγ ´ 1q{2spU1s{a01q
2{ tan2 β1s

(A.24)

Finally, from the application of the continuity equation, the discharge flow area can be
expressed in terms of impeller flow and geometrical parameters as shown in [26, 41]. Further
elaboration leads to equation A.25 which allows to compute the impeller channel exit width to
radius ratio (b2{r2), thus, finalizing the impeller design procedure.

2b2B2

r2
“
ρ1

ρ2

r2
1s

r2
2

p1´ ν2q
Cm1a01

a01Cm2
(A.25)

As previously done, equation A.25 can be rewritten in terms of the dimensionless parameters
presented and the absolute exit Mach number. The final expression, given in equation A.26, is
hereby presented without derivation for brevity. It can be obtained combining equations A.11
and A.14 with equation A.25, and applying the isentropic flow definition to transform the static
densities into total ones: ρ0 “ ρp1` ppγ ´ 1q{2qM2qpγ{pγ´1q.

b2
r2
“

θ

2M2B2

1

cosα2

ˆ

1`
γ ´ 1

2
M2

2

˙

γ`1
2pγ´1q

„

ηI
ηS
pΠ

γ´1
γ

c ´ 1q ` 1

´
γ
γ´1

ˆ

Π

γ´1
γ

c ´ 1

ηS
` 1

˙1{2

(A.26)

To employ equation A.25 or A.26, it is necessary to define the discharge blockage factor (B2).
According to Aungier [39], little guidance is available on literature to properly set this parameter,
however, the following conclusions has been derived by the author: (1) the blockage factor is
directly dependent on skin friction losses for impellers with a low flow coefficient, (2) rising
the velocity diffusion head (ρW 2) from the blade throat to the blade discharge augments the
blockage factor, (3) increasing the blade aspect ratio (b2{LB) proportionally affects the blockage
coefficient and (4) B2 grows with the blade clearance, in particular in open impellers.

Similar consideration have been derived also by Pampreen in [158]. In particular, it has been
shown that the blockage factor depends equally on: flowpath and blade curvatures, diffusion,
and the Coriolis acceleration up to the axial-radial bend of the flowpath. However, in the
radial portion of the impeller, the further increment of B2 can be efficiently correlated with
the Richardson number (Rn “ ωB{Wmin). Charts have been reported in [158], showing the
variation of the impeller blockage coefficient as function of impeller meridional distance and
rotational speed.

Aungier [40] proposes an empirical tip blockage factor correlation for a practical estimation
of B2. A similar form of the below presented equation is also available in [39].

B2 “ p∆qSF `∆qHSq
U2

2

W 2
2

`

”

0.3`
b22
L2
B

ıA2
Rρ2b2
ρ1LB

`
sCL
2b2

(A.27)

∆qSF and ∆qSF are respectively the skin friction and the hub-to-shroud distortion loss
coefficients (∆q “ ∆h{U2

2 ), reported in [40]. sCL is the clearance gap width and AR is the area
ratio defined in terms of the throat blade angle (βth) as: AR “ A2 sinβ2{A1 sinβth.

Before moving to the vaneless and vaned diffuser modeling, a graphical representation of the
compressor performance behavior as function of the impeller parameters has been subsequently
reported in Figures A.3 and A.4.
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Figure A.3: Blade angle and pressure ratio influence on inlet relative Mach number, for a given
inlet blade angle, exit flow angle, compressor total-to-total efficiency, slip factor and inlet

tip/shroud to exit radius ratio [26, 41]

Figure A.3 can be obtained from equation A.20 and equation A.22 combined with the λ
definition (equation A.21). The value of the remaining parameter is indicated in the plot for exact
replication. The graph clearly shows one of the advantages of a negative backsweep angle which
can be summarized as follows [41]: (a) reduction of discharge Mach number (M2) with additional
positive effect of decreasing the amount of diffusion required in the diffuser part, (b) increase of
compressor stability range for a given mass flow and pressure ratio and (c) higher streamline
curvature in the blade to blade plane, which causes a reduction of the pressure gradient between
the blades with the associated decrease of secondary losses.

A major disadvantage of backswept configurations is also visible in Figure A.3. For the same
compressor pressure ratio, the dimensionless rotational speed is significantly augmented. This is
immediately translated into higher blades and disk centrifugal stress. Moreover the blades can
no longer be constructed with purely radial fibers, which leads to significantly greater bending
stresses, as reported in [41].

Figure A.4: Discharge blade height variation as function of r1s{r2 [26, 41]

Equations A.24 and A.26 are employed in realizing Figure A.4. The chart displays that
to reduce the inlet relative Mach number, b2{r2 has to decrease considerably. As visible, for
high pressure ratio compressors, two design options are available to minimize the losses from the
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minimization of M1sr . The first implies a reduction of the radius ratio (r1s{r2), producing a long
narrow impeller which leads to important skin friction losses. The second uses transonic inlet
flows to contain the overall compressor dimensions with the disadvantage of increasing shock
losses [41]. Hence, a trade-off solution must be found.

Slip factor As briefly mentioned, slip effects constitute a limitation on the work capacity of
the impeller. Different models are available in literature to estimate the slip factor coefficient
for a preliminary assessment. An extensive summary is reported in reference [159]. On of the
simplest relation has been developed by Stanitz, which correlates the slip factor coefficient to
the total blade number according to equation A.28.

σ “ 1´
0.63π

ZB
(A.28)

According to [26] this equation is satisfactory for a blade angle in the range ´45˝ ă βB2 ă

45˝. Wiesner [159] proposed a correlation (equation A.29) which well fits empirical results for
conventionally used blade angles and blade number up to a certain limiting inlet to exit radius
ratio factor (εlimit).

σ “ 1´

a

cosβB2

Z0.7
B

(A.29)

Furthermore, the author proposed a relation for approximating the slip factor coefficient
for solutions beyond this limiting radius ratio (ε ą εlimit), which is defined according to the
following relation.

εlimit “
r1

r2
– exp

ˆ

´8.16
cosβB2

ZB

˙

(A.30)

Finally the corrected slip factor can be calculated according to equation A.31. Evidence of
good agreement between the presented treatise and empirical data is available in reference [159],
in particular for conventional blade angle and blade number values.

σcor “ σ

«

1´

ˆ

ε´ εlimit
1´ εlimit

˙3
ff

(A.31)

Aungier [39, 40] proposes a slightly modified version of equations A.30 and A.31, ensuring
a better approximation of the empirical data reported in [159], however, not detailed evidence
has been reported within these references. Equations A.32 and A.33 represents the slip factor
model derived by the author.

εlimit “
σ ´ σ˚

1´ σ˚
(A.32)

Where, σ is the slip factor coefficient defined from equation A.29 and σ˚ is a coefficient
calculated from: σ˚ “ sinp19˝ ` 0.2 ¨ p90˝ ´ βB2qq. This relation has been made consistent with
the definition of the blade angle used in this project. Same reasoning has been applied to
equation A.33.

σcor “ σ

»

—

–

1´

ˆ

ε´ εlimit
1´ εlimit

˙

b

90˝´βB2
10

fi

ffi

fl

(A.33)

According to Aungier [39], compressors designed for high rotational Mach numbers normally
features splitter blades. Their purpose is to ensure that an acceptable blade solidity is maintained
for a reduced blade blockage factor. In case splitter blades have been employed, the author
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suggest to define the equivalent blade number according to equation A.34. With this definition,
the theory presented so far is still applicable.

ZB “ ZFB ` ZSB
LSB
LFB

(A.34)

L represents the meridional blade length. It is common practice to use same blade shapes for
full and splitter blades and place this lasts at mid-pitch location. As shown in [160], moving the
splitter blade leading edge position have strong impact on the overall compressor performance.

Stahler [161] has indicated from experimental results that modeling the slip factor coefficient
only as function of the blade number and exit blade angle does not lead to accurate results. A
dependence from weight flow, rotational speed and impeller tip-diameter has also been identified
by the author. A relation has been proposed in [161], which, however, cannot be generalized to
any impeller. Hence, for the purpose of this thesis, the simplified models hereby presented have
been considered sufficient for a preliminary slip factor estimation.

Diffuser considerations

The diffuser consists of a non-rotating channel with an increased flow area in the flow direction.
This ensures the reduction of the absolute velocity leaving the impeller that is immediately
translated into static pressure rise [25]. As seen, the diffusion system is usually composed by
the sole vaneless diffuser or a combination of the former and a vaned section.

Regardless of the final diffusion architecture employed, a reasonable requirement for diffusers
can be identified in the minimization of the overall losses for the same pressure rise. However,
this condition is not sufficient to ensure a good overall centrifugal compressor design, especially
for cases where the employment of vaned diffusers is necessary [42, 162]. In fact, as reported
in [44, 163], to ensure promising stage performance, a good matching between the impeller and
the vaneless/vaned diffuser is necessary.

Casey and Rusch [163] pointed out that highly efficient compressors can be realized if impeller
and diffuser operate at their peak efficiency and they both have the same choke margin. In
addition, the author derived a relation that provides the theoretical impeller-diffuser throat
area ratio at which the optimal component matching can be achieved. The final form of this
equation, valid for vaned diffusers, has been reported below.

´A˚d
A˚i

¯

design
“ χ

”

1` γ´1
2

´

D1
D2

¯2
M2
u2

ı

γ`1
2pγ´1q

”

1` pγ ´ 1qλM2
u2

ı
n`1

2pn´1q

(A.35)

Where χ is the matching coefficient and n is the polytropic exponent. A χ value higher than
one means that choking occurs first in the impeller section and vice versa. According to [163],
the compressor should be designed with a χ value as close to the unity as possible. Moreover,
the reference emphasizes that also compressor surge and stall behavior can be affected from
an inaccurate component matching. Reference [44], reports an optimization procedure that
involves the 1D theory briefly introduced in redesigning a diffuser system that better matches
with the impeller. Benefit in overall compressor efficiency and stage pressure ratio have been
documented.

In the following paragraphs, a quite detailed preliminary methodology is presented to model
vaneless and vaned diffuser. Component matching aspects have been partially covered in this
thesis, due to the complexity of the flow phenomena involved. Future work should address these
aspects in more detail.

Vaneless diffuser Whitfield and Baines [41] provide a simplified method to quickly generate
main geometrical data of the vaneless diffusion element. This approach is based on the ap-
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plication of the angular momentum equation (equation A.36) to the vaneless diffuser section.

τ “ 9mpr3Cθ3 ´ r2Cθ2q (A.36)

In the absence of wall friction force, the torque τ is null, reducing equation A.36 to the free
vortex relationship reported below.

r3Cθ3 “ r2Cθ2 (A.37)

By combining equation A.37 with the continuity equation, equation A.38 can be obtained.
This relation can be used to calculate the discharge flow angle α3.

tanα3 “
ρ3b3
ρ2b2

tanα2 (A.38)

The selection of the vaneless diffuser passage width (b3) directly impacts the discharged flow
angle. Hence, different vaneless arrangements have been created to have better control on the
exit angle. This becomes particularly important for the correct coupling with a vaned section.
Figures A.5 and A.6 illustrate different diffuser channel design options for purely vaneless and
vaneless/vaned solutions. Reference [162] suggests that the most commonly used vaneless con-
figuration is the pinched one because it provides a better stabilization of the high speed flow
coming from the impeller. Examples of unpinched solution have also been reported in literature.

Figure A.5: Typical solely vaneless diffuser channel configurations [162]

Figure A.6: Typical vaneless/vaned diffuser channel configurations [162]

Although sufficient for a preliminary design, the previously presented equations are not able
to capture the pressure losses due to friction that typically occur in the vaneless space. Stanitz
[43] developed a set of one dimensional differential equations for compressible flows relating
Mach number, flow angle and total temperature to the vaneless diffuser radius ratio by means of
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continuity, equilibrium, heat transfer and fluid state relations. Galvas [36, 37], simplifies those
equations for adiabatic flow and geometrically constant depth passages. Equations A.39 and
A.40 result using these assumptions. By discretizing these relations and using the inlet flow
conditions known, the flow Mach number and flow angle can be locally calculated.

1

M2

dM2

dR
“
´2

´

1` γ´1
2 M2

¯

M2 ´ sec2 α

«

pγM2 ´ tan2 αq
ξ

B cosα
`

1

B

dB

dR
´

sec2 α

R

ff

(A.39)

and

1

tanα

d tanα

dR
“

sec2 α

M2 ´ sec2 α

#

”

1` pγ ´ 1qM2
ı ξ

B cosα
`

1

B

dB

dR
´
M2

R

+

(A.40)

with

ξ “
Cfr2

b2
R “

r

r2
B “

b

b2

The effective passage depth (B) is influenced by the boundary layer displacement thickness.
With the assumption of equally spaced parallel walls, the effective passage depth can be properly
approximated as shown in [36, 37], thus solving numerically equations A.32 and A.33. The
calculated Mach number and the flow angle distribution allow to compute the diffuser pressure
losses due to friction as a function of diffuser length. This last will be determined via the
iterating procedure presented in section A.2.2.

To reiterate, the advantage of this procedure lies in the possibility of estimating the friction
losses within this component. This information would be totally absent with the previously
treated method, giving justification for the additional modeling complexity.

Vaned diffuser For solutions that require a vaneless/vaned diffuser combination, a careful
design is needed to obtain satisfactory compressor performance. In fact, the vaned diffuser con-
stitutes the major source of losses after the impeller. Moreover, this element strongly affects
the stability limits of the compressor, in particular, for off-design flow conditions [41]. Compres-
sor performance can be enhanced by improving the diffuser pressure recovery and via proper
matching between impeller and diffuser.

Al-Busaidi and Pilidis [114] have observed that a correct impeller-diffuser matching can be
guaranteed in the majority of the cases. On the other hand, surge performance is more of a
concern, being mostly dictated by features belonging solely to the vaned diffuser. To improve
off-design performance, low-solidity diffusers have been investigated leading to higher stability
ranges in comparison with conventional diffusers. The main characteristic of low-solidity diffusers
is the absence of a geometrical throat. Because of this fact, the aerodynamic behavior of low-
solidity diffuser is similar to the one experienced in vaneless diffusers where choking can only
occur in the impeller throat. Thus, increasing the operating flow range of the compressor [113].

Furthermore, the individual vaned diffuser performance is influenced by the channel design
and blade number. Reference [162] presents two different diffuser arrangements: the cascade
diffuser and the channel diffuser. The first type is characterized by one or more rows of airfoil
sections. Common practice is to employ consolidated axial compressors airfoils data, having
detailed information on stall and overall performance. The second diffuser type is constituted
by straight channels disposed at a certain angle with respect to the incoming flow. Japikse [162]
reports that traditionally, the cascade diffuser have been considered to have performance and
operational ranges in between vaneless and channel diffusers.

Regarding the blade number selection, Aungier [39] reports that the choice is influenced by
both aerodynamic and resonances considerations. The author relates the vaned diffuser blade
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number (ZV D) with the impeller one (ZI) as: ZV D “ ZI ˘1. A condition has to be included for
the applicability of the previous relation since a low number of blades will improve stall margin
with the disadvantage of increasing the vane loading. If the resultant number of blades falls
in 10 ď ZV D ď 20 the selection can be considered satisfactory, otherwise Aungier suggests to
apply: |ZV D ´ZI | ě 8. The final blade number choice will be influenced by more sophisticated
consideration involving structural limitations as well, these guidelines can be used for preliminary
assumptions.

As visible from this preliminary introduction, the complexity of the vaned compressor section
design is considerable and multiple aspects have to be addressed during the detailed design.
The purpose of this section is to provide simple preliminary guidelines to produce sufficient
geometrical data to preliminary assess overall dimensions and performance of the vaned diffuser
system. For this scope the methodology presented in references [113, 114] have been found
satisfactory and in agreement with the goals of the project. Careful design involving also off-
design part power considerations have to be addressed in subsequent phases. More details are
reported below.

Modeling methodology As preliminary thing, it is necessary to relate the geometry of the vaned
diffuser to the pressure recovery coefficient (Cp). Cp is an important parameter that allows to
evaluate the diffuser performance, in fact, it measures the conversion of kinetic energy to static
pressure between diffuser inlet and discharge [113]. The pressure recovery coefficient is defined
as:

Cp “
P4 ´ P3

P03 ´ P3
(A.41)

If the diffuser efficiency (ηD) is available, the ideal pressure recovery coefficient can be cal-
culated from equation A.41 according to the efficiency definition: ηD “ Cp{Cpid [25]. Once the
ideal pressure recovery coefficient is calculated it can be related to the vaned diffuser area ratio
(equation A.42).

Cpid “ 1´
1

AR2
(A.42)

Finally, the area ratio can be directly associated to the diffuser inlet and exit effective passage
width as: AR “ W4{W3, with W3,4 defined as function of the blade angle with respect to the
tangent direction, according to equation A.43.

W3,4 “
2πr3,4 sinβ3,4

ZV D
(A.43)

Ultimately, the vaned diffuser length can be assessed from an assumed value of the effective
divergence angle (2θc) as shown by equation A.44, giving to the designer the sufficient level of
detail requested in this preliminary phase.

Lv “ π
r4 sinβ4 ´ r3 sinβ3

ZV D tan θc
(A.44)

Considerations on blockage factor have to be made for a better estimation of the diffuser
geometrical characteristics and performance. As pointed out in [41], a crucial parameter con-
trolling the channel diffuser performance is the inlet boundary layer blockage factor. As it is
visible from Figure A.7, the inlet blockage coefficient has quite considerable effects on the peak
pressure recovery coefficient for both high and low aspect ratio. This aspect will have to be
taken into account in later design stages.
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Figure A.7: Throat blockage and aspect ratio effects on pressure recovery coefficient [41]

This concludes the design of a conventional vaned diffuser. Information on inlet and exit
flow area can be obtained from the continuity equation and the relations presented so far in this
section. As support, a visual representation of the main vaned diffuser parameters discussed
is reported in Figure A.8, showing the geometrical insight gained with the currently developed
technique.

Figure A.8: Vaned diffuser channel [41]

The vane length expression for low-solidity diffusers differs from what presented for the
conventional case. Kim et al. [113] have developed a preliminary sizing approach that is hereby
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reported form completeness. Equation A.45 can be used to calculate Lv instead of equation
A.44. In addition, the exit blade flow angle have to be calculated by means of equation A.46,
which is explicitly function of the leading edge blade thickness (tLE).

Lv “ 2r3 sin
´ 180

ZV D

¯

cos
´

β3 `

´

90´ arccos
”

sin
´ 180

ZV D

¯ı¯¯

(A.45)

and

β4 “ arctan
”

tanβ3 `
2 sin p180{ZV Dq

cosβ3
´

tLE
2r3 sinβ3

ı

(A.46)

The optimal exit diffuser radius can be calculated from:

r4 “ r3
cosβ3

cosβ4
(A.47)

The presented treatise can be concluded showing a typical vaned diffuser performance map
that relates the main vaned diffuser geometrical parameters discussed with expected perfor-
mance. In particular, Figure A.9 shows the pressure recovery coefficient as function of: diffusion
angle, aspect ratio and non-dimensional length (L{W ) defined as L{W3th for a fixed inlet block-
age factor (2δ˚{W ). This particular map has been extracted from reference [162] and it is related
to a channel diffuser type. However, similar maps can be obtained for any diffuser type.

Figure A.9: Typical channel diffuser map [162]

A.2.2 Galvas Loss Model

As mentioned, the technique developed by Galvas has the advantage of being perfectly suitable
for the 1D methodology presented in section A.2.1 and employed in this thesis work. The
actual numerical implementation of the Galvas loss model used to characterized the compressor
design point is discussed here. References [36, 37] provide additional information with respect
to the off-design compressor modeling. Originally, the model proposed by Galvas accounts
for the following loss factors: incidence, blade loading, skin friction, disk friction, clearance,
recirculation, vaneless diffuser and vaned diffuser losses.

The treatise here is divided according to impeller and diffuser losses. The whole set of
equations needed for modeling each loss contribution is provided. Moreover, the methodology
implemented to account for the shock losses and for the estimation of the skin friction coefficient
is also discussed. These aspects are not fully treated in the original documentation [36, 37].
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Impeller loss model

For a swirl-free compressor inlet, the inlet velocity variation with radius can be calculated form
the general velocity gradient equation, simplified for a swirl-free flow as reported in [36]. The
final form is reported below.

Cm “ Cm1h exp

ˆ
ż n

0
Γdn

˙

(A.48)

Where Γ represents the streamline curvature, n the distance along the radius and Cm the ab-
solute meridional velocity component. Galvas [36] suggests to approximate streamline curvature
and slope by means of a linear interpolation of the values between hub and tip. In particular,
the integration of equation A.48 is approximated using the trapezoidal rule from the hub to the
root mean square location and the Simpson’s rule between this last and the tip. Equations A.49
and A.50 have respectively reported.

Cm1m “ Cm1h exp

ˆ„

h0

2
pΓ1h ` Γ1mq

˙

(A.49)

and

Cm1t “ Cm1h exp

ˆ"

h0 ` h1

6

„ˆ

2´
h1

h0

˙

Γ1h `
ph0 ` h1q

2

h0h1
Γ1m `

ˆ

2´
h0

h1

˙

Γ1t

*˙

(A.50)

Preliminary assumption of null hub and tip streamline curvature can be made to simplify the
calculations as reported in reference [36]. With the established inlet axial velocity distribution,
root mean square tangential velocity can be derived from equation A.51.

W1m “

b

C2
m1m `W

2
θ1m (A.51)

with

U1m “ U1s
D1m

D1t
(A.52)

Finally, the root mean square blade angle can be calculated from equation A.53. This initial
root means square flow characterization is necessary in order to compute the incidence losses,
as discussed in the following section.

β1m “ tan´1

ˆ

Wθ1m

Cm1m

˙

(A.53)

Incidence loss Incidence losses depend on the extent that the actual inlet blade angle diverges
from the optimal incidence angle (ε) for the given inlet flow conditions. ε is determined at
the root mean square location from equation A.54. Compressibility effects are ignored, since
much more significant compressibility impact is only visible at the impeller hub and negligible
elsewhere [36].

ε “ tan´1

ˆ

p1´B1q tanβ1m

1`B1 tan2 β1m

˙

(A.54)

with

B1 “ 1´
ZFBt1
2πr1

(A.55)
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Therefore, the optimal relative flow angle can be obtained as: βopt “ β1m ´ ε. With this
information available, equation A.56 can be solved and the component of relative velocity lost
calculated.

WL “W1m sin |βopt ´ β1m| (A.56)

Finally, the enthalpy loss due to incidence effects can be assessed by means of the following
equation:

∆hINC “
W 2
L

2
(A.57)

Blade loading The enthalpy loss due blade loading is calculated as function of the diffusion
factor (Df ) from equation A.58.

∆hBL “ 0.05D2
fU

2
2 (A.58)

Df is calculated in the Galvas’s model with the following equation, taken from reference
[164].

Df “ 1´
W2

W1s
`

KBLλ

W1s

U2

„

ZFB ` ZSB

π

ˆ

1´
D1s

D2

˙

` 2
D1s

D2

 (A.59)

Skin friction Skin friction losses are assessed by means of equation A.60

∆hSF “ KSFCf
L{D2

Dhyd{D2

ˆ

W

U2

˙2

av

U2
2 (A.60)

KSF assumes values of 5.6 for conventional impellers and 7.0 impellers with splitter blades,
Cf is the skin friction coefficient, which depends on surface roughness and Reynolds number as
further illustrated in a dedicated section later on. L{D2 is the mean flowpath blade length to
diameter ratio defined according to [164] as:

L

D2
“

r2 ´ r1

D2 cosβ2
(A.61)

The mean hydraulic to exit diameter ratio is calculated according to:

Dhyd

D2
“

1
ZFB ` ZSB
π cosβ2

`
D2

b2

`
D1s{D2

2

1´ ν
`

2pZFB ` ZSBq

πp1` νq

d

1` tan2 β1s

ˆ

1` ν2

2

˙

(A.62)

Finally, the mean relative velocity to impeller exit velocity ratio is computed from:

ˆ

W

U2

˙2

av

“
1

2

#

ˆ

Cm1m

U2

˙2

`

ˆ

D1

D2

˙2

`

ˆ

W2

W1s

˙2
«

ˆ

Cm1m

U2

˙2

`

ˆ

D1s

D2

˙2
ff+

(A.63)

According to [36], studies have shown that the mean channel relative velocity is augmented
in the splitter blades region, due to the employment of these lasts. The mean blade flow path
length and the hydraulic diameter to exit diameter ratios remains almost unaltered. These
aspects have been accounted in the different definition of the skin friction constant KSF .
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Disk friction The following relation is employed for calculating the enthalpy losses.

∆hDF “ 0.01356
ρ2

9mRe0.2
U3

2D
2
2 (A.64)

The Reynolds number in the previous equation is defined as function of the impeller exit
dimensions and inlet total conditions. Equation A.65 reports the form to be used.

Re “
ρ01U2D2

µ01
(A.65)

The total air viscosity can be calculated from inlet known conditions and using Sutherland’s
law.

Recirculation Losses associated to recirculation can be estimated from the equation reported
below. The additional parameters are determined as previously presented.

∆hRC “ 0.02
?

tanα2D
2
fU

2
2 (A.66)

Shock Shock losses are not included in the Galvas’s formulation; the equations presented have
been taken from references [39, 40]. These losses occur when the inlet relative Mach number
exceeds the inlet critical Mach number (Mcrr). Equation A.67 is employed to calculate the
enthalpy loss for this case.

∆hSH “ 0.2

„

pM1mr ´Mcrrq
Wmax

U2

2

U2
2 (A.67)

where

Wmax “
W1 `W2 `∆W

2
(A.68)

And ∆W is the average blade velocity difference computed from standard irrotational flow
relations, assuming the ideal blade loading style reported in Figure A.10.

Figure A.10: Ideal or optimal blade loading model [39]

In the previous picture, ξ indicates the distance along the mean camberline. Equation A.69
allows to calculate ∆W with the previously mentioned assumptions.
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∆W “
2πD2U2λB

ZBL
(A.69)

Where L is the length of the mean camberline, obtained from equation A.61 and λB repre-
sents the blade work input defined according to equation A.70, [39, 40]. Simplification can be
made for a zero prewhirl angle.

λB “ σ

ˆ

1´
1

1´B2
φ2 cotβ2

˙

´
Cθ1U1

U2
2

(A.70)

Finally, the critical Mach number has to be defined to calculate the shock losses. Aungier
[39, 40] calculates it according to equation A.71. Where, W ˚ represents the local sonic velocity
calculated from relative total thermodynamic conditions at the midpassage.

Mcrr “
M1mrW

˚

Wmax
(A.71)

Diffuser loss model

Vaneless diffuser The vaneless diffuser losses can be calculated by means of equation A.72,
once the component exit total pressure is known.

∆hV LD “ cpT02

«

ˆ

P3

P03

˙

γ´1
γ

´

ˆ

P3

P02

˙

γ´1
γ

ff

(A.72)

The exit total pressure can be determined from the discretization of equations A.39 and A.40.
Since the effective passage width depends on the boundary layer growth within the vaneless
diffuser, a model has been reported in [36, 37] to account for this aspect in the calculations.
B can be discretized according to equation A.73, where ∆δ˚ is the incremental boundary layer
displacement thickness.

Bi`1 “ Bi ´
2∆δ˚

b2
(A.73)

∆δ˚ is calculated from:

∆δ˚ “ 0.037S´0.2

ˆ

C2

νi

˙´0.2

∆S (A.74)

with

∆S “
r2∆R

cosαi
and S “

n
ÿ

i“1

∆Si

The total pressure loss in the vaneless space can be obtained from numerical integration
of equation A.75 reported in [36, 37]. Alternatively, the assumption of conservation of total
temperature within the channel can be made to further simplify the problem.

P02

P03
“ 1`

γCf
cosα2

r2

b2

ż R

1
M3 a

a0

ρ

ρ0
RdR

M2

´ a

a0

¯

2

´ ρ

ρ0

¯

2

(A.75)

Once the exit total pressure is know, the enthalpy loss in the vaneless diffuser can be finally
determined with equation A.72.
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Vaned diffuser Detailed diffuser loss models are available in [39, 165]. In these models, in-
dividual loss sources are defined similarly to this impeller case, and a more accurate diffuser
description can be developed. Galvas [36, 37], calculates the vaned diffuser losses according
to equation A.76. For the purpose of this work, this formulation has been found sufficient to
characterize the component behavior.

∆hV D “ cpT02

«

ˆ

P4

P04

˙

γ´1
γ

´

ˆ

P4

P03

˙

γ´1
γ

ff

(A.76)

Efficiency definition Once all the individual loss contributions have been calculated, the im-
peller isentropic total-to-total efficiency (ηI) and stage isentropic total-to-total efficiency (ηS)
can be calculated with equation A.77 and A.78 respectively.

ηI “
∆haero ´ p∆hINC `∆hBL `∆hSF `∆hSHq

∆haero `∆hDF `∆hRC
(A.77)

and

ηS “
∆haero ´ p∆hINC `∆hBL `∆hSF `∆hSH `∆hV LD `∆hV Dq

∆haero `∆hDF `∆hRC
(A.78)

Skin friction coefficient

An accurate prediction of the skin friction coefficient is important, since skin friction losses
constitute one of the major enthalpy loss source in both impeller and diffuser. A common skin
friction model has been reported in [39], where, the value of Cf is estimated from generalized
pipe friction data. In this treatise, the skin friction coefficient is determined as function of
the Reynolds number based on pipe diameter (Red “ ρV d{µ) and the peak-to-valley surface
roughness coefficient (e).

Equations have been derived to compute the skin friction coefficient depending on the flow
regime in the pipe. Distinction between laminar and turbulent regions is made from considera-
tion on the Reynolds number. In particular, if Red ă 2000 the flow is considered laminar and
Cf is calculated from:

Cfl “
16

Red
(A.79)

For Red ą 4000 the flow is fully turbulent, equation A.80 has to be employed for a smooth
surface, while equation A.81 has to be used for a non negligible surface roughness.

1
a

4Cft,s
“ ´2 log

«

2.51

Red
a

4Cft,s

ff

(A.80)

and

1
a

4Cft,r
“ ´2 log

” e

3.71d

ı

(A.81)

For Reynolds number between 2000 and 4000 transition between laminar and turbulent flow
regime is experienced. This phenomenon is model by means of a weighed average of the quantities
previously introduced. The effects of the surface roughness starts to become significant after a
certain region. This is accounted by defining an alternative Reynolds number (Ree) that directly
includes the roughness dependency. Equation A.82 has been derived for such cases.

Ree “ pRed ´ 2000q
e

d
(A.82)
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The turbulent skin friction is defined as:

Cft “ Cft,s for Ree ă 60

Cft “ Cft,s ` pCft,r ´ Cft,sq

ˆ

1´
60

Ree

˙

for Ree ě 60
(A.83)

Finally, the skin friction coefficient in this region can be calculated as:

Cftr “ Cfl ` pCft ´ Cflq

ˆ

Red
2000

´ 1

˙

(A.84)

With these approximations, the so called Moody chart can be plotted as shown in Figure
A.11.

Figure A.11: Skin friction coefficient correlations plot [39]

According to [39], these equations can be adapted to describe the skin friction coefficient
behavior within the compressor. In particular, the Red definition can be adapted to the impeller
case if the pipe diameter d is replaced by the hydraulic diameter Dhyd, obtained from equation
A.62, and to the vaneless diffuser using d “ 2b2 instead. Moreover, the author provides equation
A.85 to convert root mean square surface roughness (erms), commonly employed to describe the
compressor surface roughness, into the peak-to-valley equivalent. The assumption of a sine-wave
roughness distribution has been made.

e “
2erms
0.707

“
erms

0.3535
(A.85)

from what reported here the skin friction coefficient to be used in equations A.60, A.39,
A.40 and A.75 can be properly determined. In the following part of this appendix, a detailed
discussion on the actual implementation will be presented.

A.3 Model Implementation

The detailed compressor model built in Matlab is constituted by three main parts: (1) impeller
design, (2) diffuser design, and (3) performance evaluation. Considering inlet flow condition
known from NPSS, the compressor building blocks are preliminary sized for assumed impeller
and stage total to total efficiencies, following the treatise presented in section A.2.1. In this way,
the geometrical dimensions needed for the compressor loss and weight model are established.
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Throughout further iteration between the detailed design model and the loss model, the
efficiency and main geometry of the compressor are further refined. This section discusses the
implementation of the whole compressor model, dividing the treatise according to the constitu-
tive elements previously listed. More details on the selection of compressor key design parameters
are given, providing a more complete explanation on the modeling choices made throughout the
project development.

A.3.1 Impeller Design

As visible from equation A.20, three main parameters are strongly influencing the impeller
design: the pressure ratio (ΠC), the rotational speed (N) and the impeller exit radius (r2). These
lasts two variables are embedded in the Mu2 definition, considering that U2 “ p2πNr2q{60.
Typically, the compressor design is carried out by specifying a target overall pressure ratio.
Therefore, ignoring for a moment the contribution of ηS and λ in equation A.20, the design can
be generated by specifying one of the two remaining variables (r2 or N).

Fixed rotational speed is the technique adopted in this project for the cycle optimization,
since a much easier interaction with the NPSS compressor element is possible. Nonetheless,
the impeller block allows for sufficient customization which has helped during the validation
phase. This section discusses the implementation of the impeller model, showing how the code
has been built in Matlab, using the theory discussed in section A.2. Details on the aerodynamic
evaluation of the output design are given, together with reasons behind impeller design variables
and bounds used for the cycle optimization.

Model Description

The following inputs are used to design the impeller: gas constant (γ), dimensionless mass
flow (θ), design pressure ratio (ΠC) or dimensionless rotational speed (Mu2), inlet tip to hub
radius ratio (ν), exit flow angle (α2), backsweep angle (β2) and slip factor (σ), defined from the
equivalent blade number (equation A.34), according to one of the methods previously presented.
In addition, a maximum value of M1s and/or M2 can be specified. For such cases, the code
attempts to design the impeller according to the specified Mach number, otherwise, the standard
design procedure discussed in references [26, 41] is adopted.

Figure A.12 summarizes the design steps necessary to characterize the impeller geometry.
Reference to the mathematical equations needed for the model are reported in the picture as
well. Starting from the input data listed previously, the code performs the standard design of
the impeller, which has the objective of minimizing inlet relative Mach number and exit Mach
number (solid lines), unless M1s,max and/or M2,max are specified. The code allows to design the
impeller for a given dimensionless rotational speed or pressure ratio. This last mode has been
applied in this project.

If a maximum inlet Mach number is given, the codes simply calculated the required β1s for
satisfying the condition, otherwise, an iterative procedure starts to determine the optimal inlet
blade angle from an initial guess of M1s, by means of equation A.18. On the other hand, if a
maximum value of M2,max has been set, the code iteratively varies β2, initially assumed null, to
meet the exit Mach number condition. If unsuccessful, an error is returned.

Note that if the unconventional design mode is set, the overall compressor efficiency might
not be optimal. Increased incidence and friction losses should be expected with respect to the
standard design procedure [26, 41]. During the optimization, a maximum inlet Mach number
has been defined for the HPC to ensure proper component matching with the previous element
as explained in section 5.4 for each engine model.
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Figure A.12: Impeller design code schematic

Input Data∗
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M1srM1s,max M1s

Eq. A.18

β1s
Eq. A.19

r1s{r2
Eq. A.26

b2{r2
Eq. A.86

DR

From the known inlet flow conditions, the dimensionless groups, obtained from the presented
impeller design methodology, can be easily transformed into a dimensional form. Thus, fully
characterizing the impeller geometry and flow mechanism. Inlet-outlet flow continuity is ensured
by this procedure through the definition of the θ-parameter. The resultant impeller design has
to be assessed to ensure its aerodynamic feasibility. Further details are provided in the following
paragraph.

Design Assessment

References [26, 41] report a discussion on the impeller internal diffusion limitations that the final
design should satisfy. High diffusion rates have been associated by many author to the inception
of the impeller stall. Harley [42] employs a diffusion ratio (DR) value of 2.4 in his analysis to
identify impeller surge. A precautionary value of 2.0 has been set in this work as limitation for
the impeller design acceptability, as indicated in [112]. The definition of DR is given in equation
A.86. Any impeller design resulting in a DR grater than 2.0 will be discarded.

DR “
W1s

W2
“

r1s{r2

p1´ 2λ` λ2{ sin2 α2q
1{2 sinβ1s

(A.86)

Figure A.13 shows the influence of the impeller exit flow and blade angles on the diffusion
ratio. In particular, increasing α2 leads to relatively high DR values, while, a more negative
backsweep angle contributes to the reduction of this parameter. Although high impeller diffusion
rates are desirable to limit the diffuser size, boundary layer separation problems are likely to
occur [26]. Therefore, the final selection of α2 and β2 depends on trade-off considerations between
diffusion requirements and flow stability margin.

∗As suggested in [26, 41], ηI and ηS have been initially assumed 0.9 and 0.8, and updated using empirical loss
models. Typically, this initial assumption is pessimistic for low pressure ratio designs, while optimistic for high
pressure ratio.
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Figure A.13: Diffusion ratio as function of α2 and β2, assuming σ “ 0.85,
r1s{r2 “ 0.70 and β1s “ ´60˝; adapted from [41]

Whitfield and Baines [41] indicate that optimal specific speed (equation A.87) range should
be within 0.705 and 1.018, for typical centrifugal compressor designs. These values have been
originally identified by Galvas [37] to be proper of the region of maximum efficiency for backsweep
impellers. However, this range cannot be considered a strict design requirement, applicable to
any design pressure ratio [26]. Hence, it has not been included within the compressor feasibility
assessment.

ns “
ω
a

9V

∆h
3{4
0s

“
pr1s{r2q

3{2ppi{ tanβ1sq
1{2p1´ ν2q1{2

pληSq3{4
(A.87)

Considerations gathered from this paragraph have been used during the optimization to per-
form the aerodynamic design assessment of the resultant LP and HP compressors. Furthermore,
guidance has been found here to constrain the selection of primary impeller inputs, such as: α2,
β2, ν and ZB, that have a strong impact on the overall compressor efficiency. Thus, support-
ing the definition of the impeller design bounds during the optimization (section 5.3.2). The
following paragraph treats these aspects with further details.

Design Variables Considerations

Large flow angles are associated to the inception of stall and flow reversal phenomena, which
might lead to a violent compressor surge [26]. References [26, 41] indicate that optimal α2 values
lay between 60˝ and 70˝.

The positive effects of using negative backsweep angles can be appreciated from Figure A.3.
Significant reduction of the impeller discharge Mach number is experienced for any given pressure
ratio, even though impeller higher rotational speeds are needed. Typical backsweep angles are
selected between 0˝ and -60˝ [26, 41]. Because high β2 values are associated to significant blade
stress levels, a maximum backsweep angle of -40˝ has been admitted for the optimization.

Since the definition of the inlet hub to tip radius ratio is mostly influenced by structural
reasons as well as by aerodynamic blockage considerations [26, 41, 143], common practices can
be only adopted at this stage. A small ν value is beneficial for the reduction of the impeller
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inlet Mach number, however, sufficient space has to be guarantee to accommodate the selected
blade number. Typical hub to tip ratios lay between 0.3 and 0.7, according to [37].

The selection of the blade number is much more critical. Rodgers [145] reports a study
conducted on the effects of the blade number onto centrifugal compressor impellers. It has been
shown that the optimum blade number is function of specific speed, blade backsweep and Mu2.
Typically, the compressor efficiency decreases with low blade numbers due to the augmented
impeller slip effects. On the other hand, an excessive blade number causes an increase of skin
friction penalties, thus having a negative impact on the overall machine performance. Moreover,
associated manufacturing and blockage problems have to be expected.

Splitter blades may be employed to limit the issues presented. A study reported in [166] shows
a 2.7% efficiency improvement if splitter blades are located at 50% of the impeller hub curve.
Finally, Rodgers [145] concluded that, due to manufacturing costs, it is uncommon to exceed a
total blade count of 30, even when splitter blades are employed. Furthermore, the author shows
that a value of approximately 20 blades leads to the minimum efficiency decrements for typical
compressor specific speed ranges. Hence, this last number has been assumed for the compressors
defined in this project. No splitter blades have been considered.

Once the blade number has been chosen the slip factor can be calculated using one of the
available models. Since, extremely high accuracy at this stage is not required, a widely employed
model is the Wiesner’s model [159], given as equation A.33. With all these considerations, the
impeller can be sized and the optimization bounds can be defined accordingly.

A.3.2 Diffuser Design

As previously discussed, the compressor diffuser has been modeled as a vaned diffuser preceded
by a vaneless interspace. This section briefly presents the assumptions and the implementation
of the whole diffuser model, dividing the treatise according to the two diffuser types considered:
vaneless and vaned.

Vaneless Diffuser Design

The design of the vaneless diffuser has been defined according to the methodology proposed by
Galvas in [37]. The inputs required by the code for the analysis are available after the impeller
design block has been completed. In fact, impeller exit flow conditions and channel geometrical
data are used by this function to characterize the vaneless diffuser exit flow and dimensions.

The whole design is based on equations A.39 and A.40, opportunely discretized and assuming
a constant vaneless depth (b2 “ b3). Ten nodes have been chosen for the discretization in order
to speed up the calculations [36, 37]. The vaneless exit radius (r3) has been set as suggested by
in reference [37]. Initially, an exit to inlet radius ratio (r3{r2) value of 1.02 has been assumed and
this value has been increase by 0.001 each iteration until the calculated exit Mach number (M3)
has been found less that 0.8 [37]. If the calculated impeller exit Mach number already satisfied
this requirement, a vaneless diffuser radius ratio of 1.02 have been maintained for clearance
between impeller and vaned diffuser.

Furthermore, a maximum impeller exit Mach number (M3,max) can also be specified. The
code will vary the vaneless exit to inlet radius ratio to meet the new condition, if feasible.
Note, this mode has not been used in the optimization section and the indication of Galvas
[37] have been respected. At this level, the losses associated to the vaneless space have been
calculated following the procedure presented in section A.2.2 and assuming conservation of total
temperature within the channels.
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Vaned Diffuser Design

The vaned diffuser design can be directly generated from the equations provided in section
A.2.1, assuming known inlet flow condition and channel dimensions from the vaneless section.
In particular, the vaneless diffuser exit Mach number and flow area have been considered rep-
resentative of the vaned diffuser throat as suggested in [37]. An assumption has to be made
regarding the desired exit Mach number in order to perform the calculations.

Galvas [37] suggests to employ a value of 0.2 which leads to a desirable combustor entry
velocity. In case multiple compressors have been used or flow links with different elements
(intercooler or mixer) have to be made, a maximum exit Mach number variable (M4,max) has
been created and left to the user to set. This facilitates component flow matching, and it has
been widely used during the cycle optimization, as discussed in section 5.3.2.

Assuming conservation of total temperature within the vaned diffuser, the exit flow condition
can be fully determined from the total to total design pressure ratio and diffuser exit Mach
number requirements. This allows for the definition of the theoretical pressure coefficient that
meets this condition (equation A.41). The diffuser length can be calculate from equation A.44
and the diffuser ares using continuity and equation A.43. Where, the vane number has been
defined according to [39].

Two constraints have to be applied on the vaned diffuser section. The former is associated to
the equivalent divergence angle (2θc ď 11˝) and the latter to the vane loading (VL ď 1{3). These
limits have been reported in [39, 113]. As it is visible from equation A.44, a great divergence
angle would be beneficial to contain the vaned diffuser length. On the other hand, a θc value too
large leads to diffuser stall problems [113]. Moreover, since the vane loading measures the average
vane-to-vane pressure difference to the inlet discharge pressure difference, its value should not
exceed what indicated [39]. Equation A.88 reports the definition of VL. This value has been
used as compressor constraint in addition to the diffusion ratio defined for the impeller.

VL “
2πpr3Cθ3 ´ r4Cθ4q

ZV DLvpC3 ´ C4q
(A.88)

Finally, Aungier [39] suggests the following limitations as optimal for a well designed vaned
section. Since it will not always be possible to satisfy those indications, they have been reported
here for completeness, while the the previously listed thresholds have been instead used.

10˝ ď 2θc ď 11˝

0.3 ď VL ď 0.33
(A.89)

A.3.3 Performance Evaluation

Once all the individual elements have become ready, the full compressor can be assembled. The
compressor code performs the design using the general input data discussed in section 4.2.1.
In particular, flow data are gathered from the NPSS thermodynamic cycle calculations, while
geometrical and design data are specified by the optimizer or according to common practice. The
compressor is normally designed for a given pressure ratio and rotational speed, alternatively
the impeller exit radius can be specified.

Depending on the running mode and the slip model chosen, different iterations will be
required to define the necessary inputs to be sent to the impeller function. Once the impeller
has been designed the remaining components can also be sized as explained. The matching
between elements have been guaranteed by verifying that the continuity equation holds between
elements.

After the full compressor has been designed, the performance loss model (section A.2.2) can
be applied and the initially assumed impeller and stage efficiencies are updated. The iteration
continues until a default tolerance has been satisfied or the maximum amount of iterations
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has been reached. A final diagram summarizing the complete compressor sizing procedure is
reported in Figure A.14.

Figure A.14: Centrifugal compressor design code schematic

Input Data

ηI, ηS

Eq. A.29

σ

N given r2 given

Eq. A.11Eq. A.11r2 θ

Impeller
Eq. A.31

σcor

Eq. A.86
DR ą 2

Unfeasible

VLD
Eq. A.72

VD
Eq. A.76

Eq. A.88 Unfeasible
VL ą 1{3

ErrηI ą toll

ErrηS ą toll

Loss Model

Since Wiesner’s slip factor model [159] is employed in this analysis, an additional iteration is
needed to properly define the value of σ for impellers having the radius ratio (r1{r2) beyond the
limit given by equation A.30. Once completed the full aerodynamic compressor design, enough
geometrical insight has been gained for the weight model.
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APPENDIXB

Radial Turbine

This appendix provides information regrading the turbine modeling techniques employed in
this thesis. Following what presented for the compressor model, a preliminary section focused
on literature review aspects is firstly presented. Detailed information on radial turbine simple
models is presented in section B.1, followed by a discussion on the more complete model used
in this project (section B.2). A detailed description of the three loss models briefly introduced
in the main body of this document is presented in section B.2.2. Furthermore, the actual
implementation of the radial turbine model is treated in section B.3.

B.1 Simple Models

A similar approach to the one discussed for the compressor, is also conventionally employed in
the performance modeling of radial turbines. Typically, simple relations have been proposed to
adapt reference turbine data to a reduced scale machine, according to the similarity principle
reported in [22, 23, 27]. Efficiency correction models have been introduced to account for scale
effects and manufacturing limitations. According to Rodgers [16], radial turbines do not suffer
significantly form pressure ratio and Mach effects, as for the compressor case. Therefore, only a
brief discussion on the first two aspects listed will be presented in section B.1.1. Alternatively,
simple equations have been derived to model the turbine design behavior as function of general
thermodynamic cycle data. Similar limitations already pointed out for the compressor modeling
can be identified in this simplified treaties. Thus, giving justification for the more advanced
model presented in section B.2.

B.1.1 Turbine Scaling Technique

Compressor and turbine scaling techniques differ only slightly. Since pressure ratio and Mach
effects are not extremely determinant in the overall turbine performance, in particular for a given
pressure ratio below 5.0 [16], only models to account for size and manufacturing considerations
are discussed below.

Size effects

According to [30], equations A.1 and A.4 are applicable to model scaling effects in radial turbines.
The Reynolds ratio exponent (n) assumes a value of 0.16 in the first formulation and 0.2 for the
second, while a is selected within the range defined for compressors. References [16, 31] propose
a simplified version of the previously mentioned equations, where the scaling factor is defined as
direct function of the diameter ratio instead of the Reynolds ratio. Similar considerations made
in appendix A.1.1 hold here.
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Lunnan [30] has shown that compressor models have been improved by correlating the scaled
efficiency as function of the skin friction coefficient, instead of the Reynolds number. No doc-
umentation is available regarding the applicability of a similar approach to radial turbines.
However, since theoretical aspects behind the Reynolds dependent losses are similar, the models
used for compressors might result applicable to turbines as well.

Manufacturing considerations

Similarly to the compressor, manufacturing aspects represent a constraint that has to be ac-
counted in the estimation of the maximum efficiency achievable. Rodgers [16] discusses the
impact of clearance on the turbine efficiency, presenting a model which relates these losses to
the effective clearance gap to blade height ratio parameter (Ct{ht). Equation B.1 is used to
model this loss contribution. Moreover, the author states that for radial turbines minimal ab-
solute gaps achievable are of about 0.015in („0.0381cm).

∆ηt “ 0.10
Ct
ht

(B.1)

Surface roughness constitutes another limiting aspect since it directly affects the skin fiction
losses, as shown in the compressor section. No simple models have been found for radial turbines
that relates the scaled efficiency directly to the skin friction coefficient, although the validity of
equation A.5 might be extendable [30].

B.1.2 Empirical Relations

Simple relations have been proposed by Korakianitis and Wilson [32, 33] that can be employed
for a preliminary analysis. Equation B.2, reported in the first document, predicts the total-to-
total polytropic efficiency as function of the turbine pressure ratio defined as: ΠT “ P00{P03.

ηt,poly “ 0.90´
ΠT ´ 1

250
(B.2)

A slightly more advanced equation is reported in [33], valid only for radial machines. Equa-
tion B.2 allows for the determination of the turbine total-to-static polytropic efficiency as func-
tion of the total to static pressure ratio and the rotor exit tip diameter.

ηpoly,ts “ 0.6984D0.0449
3h ´

ΠT,ts ´ 1

200
(B.3)

Similar issues belonging to the compressor simple models can be identified here for the
turbine case. More sophisticated techniques are needed to improve the performance modeling
and to provide sufficient geometrical insight for a component based engine weight model. The
following section deals with these aspects with more detail.

B.2 Advanced Models

The goal of this section is to present a more advanced model able to overcome the limitations
observed for simplified techniques. The treatise proposed by Whitfield and Baines [41] have been
found perfectly suitable for the commonly employed turbine loss models. In addition, sufficient
geometrical insight can be derived to predict the influence of thermodynamic cycle parameters
on the turbine weight and feasibility.

This section initially provides details on the meanline method employed within this project
for the rotor and the nozzle turbine parts. Finally, the loss models presented by Rohlik [47,
48] and Glassman [49, 50] are accordingly discussed. Furthermore, the Glassman’s loss model
improvements proposed by Baines [51] are presented.
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B.2.1 Turbine Meanline Method

Radial turbines are composed by a rotor, with the function of extracting power from the working
fluid, preceded by a nozzle which imparts some swirl and accelerate the flow. For industrial
and turbocharger applications, a volute might be present before the nozzle, introducing similar
limitation discussed for the compressor case. Therefore, models have been investigated only for
the nozzle-rotor combination.

Particular focus is dedicated to the rotor modeling because this component has a determinant
impact on the overall turbine performance. The nozzle analysis has been kept as simple as
possible, since this element has not to deal with an adverse pressure gradient such as the diffuser
section of a centrifugal compressor.

Rotor considerations

The preliminary technique presented in [41, 46] has the objective of estimating the primary rotor
geometrical features to meet the design performance requirements. The methodology mainly fo-
cuses on those aerodynamic aspects that strongly affect the overall turbine performance, leading
to a geometrical output as close as possible to the optimum. However, because of the complexity
of the flow pattern, an optimized solution can only be obtained in later design stages, involving
structural considerations as well.

Nonetheless, this preliminary method has been found in agreement with the objective of this
work and it represents a good starting point for further analysis. Sufficient data can be derived
to characterize the component design performance behavior as well as to estimate its weight.
This methodology is applicable under the following assumptions:

1. The working medium behaves as an ideal gas.

2. The flow leaving the rotor is fully axial (α3 “ 0).

3. The rotor blades are radially disposed (βB2 “ 0)

Similarly to the compressor impeller method, this approach employs turbine quantities in a
dimensionless form to perform the design. An important parameter for the turbine is the design
power output, expressed into a non-dimensional form by means of equation B.4.

Sw “
9W

9mh01
“ 1´

T03

T01
(B.4)

The power ratio (Sw) is related to the turbine total to static pressure ratio from:

P01

P3
“

ˆ

1´
Sw
ηSts

˙´γ{pγ´1q

(B.5)

Where ηSts is the total-to-static efficiency defined as:

ηSts “
1´ T03{T01

1´ pP01{P3q
pγ´1q{γ

(B.6)

Moreover, a non dimensional mass flow rate coefficient (θ) and the dimensionless rotational
speed (Mu2) are also used here. The former is defined according to equation B.7, as for the
compressor case.

θ “
9m

πr2
2ρ01a01

“
r2

3s

r2
2

p1´ ν2q
ρ3

ρ01

C3s

a01
(B.7)

The rotor design has been divided into two primary sections: the rotor inlet design and the
rotor discharge design. A separate treatise is presented below for both rotor ares, underlining
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key modeling aspects of their design. Moreover, the link between these sections is explained,
providing a better understanding of the whole rotor flow dynamic model.

Inlet design Reference [41] reports that higher turbine efficiency has been experienced for
inlet flow angles that do not match exactly with the radial blade direction. This phenomenon
has been attributed to a flow mechanism analogous to the compressor slip factor. In fact, the
pressure difference between the blade pressure and suction side pushes the flow towards this
last against the direction of rotation. Therefore, the flow is designed to enter the impeller with
a negative relative angle β2. Results of studies have been summarized in [41] showing that an
optimal inlet relative angle lays between -20˝ and -40˝ degrees. On the other hand, excessively
negative relative inlet flow angles make the flow more likely to separate on the blade suction
surface [45]. Figure B.1 illustrates the rotor inlet flow mechanism briefly discussed.

Figure B.1: Typical flow streaklines disposition as function
of turbine relative inlet flow angle [45]

Using Euler’s equation specialized to the radial turbine and simplified for an purely axial
exit flow direction ( 9W { 9m “ U2Cθ2 ´ U3Cθ3 “ U2Cθ2), equation B.8 can be derived.

U2

a01

Cθ2
a01

“
Sw
γ ´ 1

(B.8)

Considering the rotor inlet velocity triangle reported in Figure B.2, it is possible to derive an
equation that correlates the inlet flow angles with the turbine power demand. In fact, noticing
that: Cθ2 “ U2 ` Cm2 tanβ2 and Cθ2 “ C2 sinα2, the following equation can be derived:

tan2 α2

ˆ

1´
U2Cθ2
a2

01

a2
01

C2
2

˙

´ tanα2 tanβ2 ´
U2Cθ2
a2

01

a2
01

C2
2

“ 0 (B.9)

Equation B.9 is quadratic in tanα2 and has physical meaning only if the solution has a
positive square root. This can be used to set a condition on the discriminant of the previous
equation as shown from equation B.10.

tan2 β2 ` 4

ˆ

1´
U2Cθ2
a2

01

a2
01

C2
2

˙

U2Cθ2
a2

01

a2
01

C2
2

“ 0 (B.10)

Combining equation B.10 with B.8, and following the procedure discussed in [41], equation
B.11 can be obtained. This equation gives the minimum possible inlet Mach number for a given
power ratio and relative flow angle.

ˆ

C2

a01

˙2

“
Sw
γ ´ 1

2 cosβ2

1` cosβ2
(B.11)

and
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ˆ

C2

a01

˙2

“

ˆ

C2

a02

˙2

“

"

M2
2

1` rpγ ´ 1q{γsM2
2

*1{2

(B.12)

Moreover, the non-dimensional rotational speed correspondent to the minimum possible inlet
Mach number is given by the following relation:

ˆ

U2

a01

˙2

“
1

γ ´ 1

Sw
cosβ2

(B.13)

Simplifying equation B.9 for minimum inlet Mach number, the following relation can be
derived to calculate the inlet absolute flow angle [41]:

tanα2 “
sinβ2

cosβ2 ´ 1
(B.14)

With this information, the whole characterization of the inlet velocity triangle is made in a
dimensionless form for minimum M2. According to [41, 46], it is possible to specify an inlet Mach
number that exceeds the minimum admissible. However, an excessively high Mach number leads
to augmented stator losses, increased rotor velocities and stronger incidence losses in off-design
flow conditions. Therefore, the minimization of M2 for a given Sw and β2 is highly recommended.

Figure B.2: Rotor inlet velocity triangles [41]

Optimal flow angles References [41, 46] presents a method to quantify the optimal rotor
incidence flow angle and consequently β2. Since the flow mechanism at the rotor inlet is gov-
erned by a phenomenon similar to the compressor slip effect, the incidence factor (λ) has been
correlated using compressor slip factor equations. Equation B.15 is commonly used [41].

λ “
Cθ2
U2

“ U2

ˆ

1´
0.63π

ZB

˙

(B.15)

For minimum inlet Mach number condition, equation B.16 can be obtained by combining
the previously shown expressions as reported in [41]. This equation directly associates the
relative inlet flow angle with the blade number. Since the minimum inlet Mach number solution
represents the optimum for a radial turbine, equation B.16 also defines the optimal β2 for a
given blade number.

cosβ2 “ 1´
0.63π

ZB
(B.16)

As visible from Figure B.3, radial turbines rotors with a blade number between 12 and 20
have optimal relative flow angles between -33 and -26 degrees.
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Figure B.3: Optimal relative inlet flow angle as function
of blade numbers, adapted from [41]

Criteria for optimal blade number selection have been initially developed by Jamieson (equa-
tion B.17) and Glassman (equation B.18) [41], as function of the inlet flow angle.

ZB,min “ 2π tanα2 (B.17)

and

ZB,min “
π

30
p110´ α2q tanα2 (B.18)

Equation B.17 is preferable since the Jamieson’s formulation leads to an excessive blade
number in particular at high inlet flow angles [41]. Visual representation of the two previously
discussed equations is reported below.

Figure B.4: Absolute inlet flow angle as function
of blade numbers, adapted from [41]

Glassman
Eq. B.18

Jamieson
Eq. B.17

Exit design Similarly to the compressor inducer modeling, the design procedure developed
for the turbine rotor exit has the objective of minimizing the relative Mach number (M3sr).
With the assumption of zero absolute exit flow angle, equation B.19 is derived [41].
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M2
3sr “M2

3s `
θM2

u2

p1´ ν2q

1

M3s

ˆ

1`
γ ´ 1

2
M2

3s

˙
1
2
ˆ

T01

T03

˙
1
2 P01

P3
(B.19)

where ν is the rotor exit hub to shroud/tip ratio (ν “ r3h{r3s), while, the compressor total
to total temperature ratio (T01{T03) and total to static pressure ratio (P01{P3) can be expressed
in terms of Sw according to equations B.4 and B.5. Figure B.5 reports a visual representation
of equation B.19, showing that minimum exit relative Mach number occurs for a value of β3 of
about 55˝. The selection of larger relative flow angles leads to the reduction of the exit losses,
while values from 0 to -50 degrees have been ruled as unsatisfactory, according to [41].

Figure B.5: Absolute and relative exit Mach number as function
of relative flow angle [41, 46]

With these considerations, a preliminary estimation of β3 can be made, thus, fully defining
the rotor exit velocity triangle. The magnitude of the absolute exit velocity is derived according
to one of the best practice design rules summarized in [41]:

• Since a value of the relative velocity ratio (WR “ W3s{W2) significantly greater than one
ensures good expansion in the rotor, Rohlik [47] suggests to use a magnitude of WR equal
to 2.0.

• Rodgers and Geiser [167] have correlated the turbine total to static effciency against the
discharge velocity ratio (Cm3{U2), as reported in Figure B.6. A value of 0.25 for the
discharge velocity ratio has been indicated as optimal [41].
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Figure B.6: Attainable radial turbine efficiency as function
of velocity ratio, taken from [41]

References [41, 46] employ the approach proposed in the first item of the previous list to
complete the exit design. However, since the discharge velocity ratio and relative velocity ra-
tio parameters refer to the same velocity triangles, they can be easily correlated using basic
trigonometric relations. Equation B.20 results from the previously discussed approach.

WR “
Cm3

U2

sinβ2 ` cosβ2 tanα2

cosβ3s
(B.20)

With WR specified, the exit relative Mach number can be calculated from equation B.21,
[41, 46].

M2
3sr “W 2

RM
2
2r

T2

T02

T02

T03

T03

T3
(B.21)

where T3{T03 and W3s{a03 are defined according to equation B.22 and B.23, respectively.

T3

T03
“ 1´

γ ´ 1

2

W 2
3s cos2 β3s

a2
03

(B.22)

and

W3s

a03
“WR

W2

a01

ˆ

T01

T03

˙1{2

(B.23)

Once established the rotor inlet and outlet velocity triangle, the rotor area ratio (A3{A2) is
calculated by means of equation B.24, resulting from the application of the continuity equation
between inlet and outlet [41].

A3

A2
“
θ2ρ02a02

θ3ρ03a03
“
θ2ρ02

θ3ρ03

ˆ

T01

T03

˙1{2

(B.24)

θ2 and θ3 represent respectively the inlet and exit dimensionless mass flow coefficients. Since
the correspondent absolute Mach numbers are available at this stage, these two parameters can
be expressed according to the following equations, [41]:

θ2 “
9m

ρ02a02A2
“M2 cosα2

ˆ

1`
γ ´ 1

2
M2

2

˙´
γ`1

2pγ´1q
(B.25)

and

θ3 “
9m

ρ03a03A3
“M3

ˆ

1`
γ ´ 1

2
M2

3

˙´
γ`1

2pγ´1q
(B.26)

The calculation of the area ratio can be completed upon determination of the rotor density
ratio (ρ02{ρ03). This can be done as shown in equation B.27, using the assumption of ideal gas.
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ρ02

ρ03
“
P02

P03

T03

T02
“
P02

P01

P01

P03

T03

T01
(B.27)

Each parameter in equation B.27 can be determined by combining previously discussed rela-
tions, with the exception of the stagnation pressure across the stator (P02{P01). This parameter
can be obtained from the total to static stator efficiency definition (equation B.28) and the rotor
inlet Mach number previously determined.

ηNts “
1´ pT2{T01q

1´ pP2{P01q
pγ´1q{γ

(B.28)

Finally, the design methodology is completed by determining the exit radius to inlet radius
ratio (r3s{r2), from equation B.7, and the inlet blade height to radius ratio (b2{r2) using equation
B.29.

b2
r2
“

1

2

ˆ

r3s

r2

˙2

p1´ ν2q
A2

A3
(B.29)

Stator considerations

The function of the nozzle stator section is to provide the rotor inlet with the optimal incidence
flow angle. Furthermore, the flow is further accelerated before entering the rotor and any flow
non-uniformity removed [41]. Since the losses occurring in the nozzle section account for a small
percentage over the overall turbine [47], between 5% and 15% for a very restricted throat area
[41], preliminary calculations are normally conducted with the assumption of isentropic flow.

According to [124], it is common practice to maintain the nozzle passage width constant
and coincident with the rotor inlet dimension (b2 “ b0). Conservation on angular momentum is
typically assumed, which allows for the calculation of the exit radius.

Cθ2r2 “ Cθ0r0 (B.30)

Moreover, the inlet flow angle is assumed to be coincident with the nozzle blade angle and
the continuity equation is used to determine the remaining inlet unknowns [124].

According to [41], it is common practice to include a vainless interspace between the vaned
nozzle section and the rotor. This is typically done to ensure a circumstantially uniform flow at
the rotor entry and to reduce the influence of the nozzle wake on the downstream component.

Watanabe et al. [168] have empirically determined that the maximum radial turbine effi-
ciency occurs for an interspace geometrical parameter k defined according to equation B.31, also
reported in [41, 124].

k “
∆r

b2 cosα2
» 2 (B.31)

where ∆r is the radial distance between the nozzle exit and the rotor tip. Combining equation
B.30, specialized to the interspace, with the continuity equation, the following relation can be
derived to calculate the interspace exit flow angle [41].

tanα2 “ tanα1

ˆ

ρ2

ρ1

˙ˆ

r2

r1

˙ˆ

A2

A1

˙

(B.32)

For constant height interspace, the area ratio can be further simplified since A1 “ 2πr1b1
and A2 “ 2πr2b2. Moreover, the assumption of constant density can be made at this stage
assuming no losses in the interspace section [41].
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B.2.2 Turbine Loss Models

Mainly two empirical loss models have been developed for radial turbines. In particular, the
initial model proposed by Rohlik [47, 48] has been more recently updated by Glassman [49, 50].
Relations for stator losses and rotor incidence, passage, disk friction, clearance and kinetic energy
losses have been similarly presented by both authors.

Furthermore, Baines [51] proposed an alternative set of equations for passage and clearance
losses to improve the prediction of Glassman’s loss model. Since, the geometrical data required
for the employment of these sets of equations are available from the modeling approach discussed
in section B.2.1, all three loss models have been implemented within this thesis work.

This section presents the full set of equations necessary to model each individual loss con-
tribution. Modeling differences between each author will accordingly be discussed.

Stator losses

The stator loss is computed from equation B.33.

∆hS “ espKEqS,id (B.33)

where es is the stator loss coefficient, defined according to equation B.34 [47, 50], and
pKEqS,id represents the stator ideal kinetic energy, calculated using B.35.

es “
0.0076

cosα2 ´ 0.025

´

1`
cosαst

0.7

¯

(B.34)

The stagger angle (αst) is assumed as average between the stator inlet and outlet flow angle:
αst “ pα0 ` α2q{2, as indicated in reference [47]. With es available, the ideal kinetic energy can
be calculated according to:

pKEqS,id “
pKEqS
1´ es

(B.35)

The actual kinetic energy pKEqS is calculated as:

pKEqS “
C2

1

2
(B.36)

Rotor losses

Incidence loss Incidence losses are not directly computed in Rohlik’s model [47]. Instead,
reference [50] accounts for this loss contribution according to the following equation :

∆hINC “
1

2
W 2

2 sin2 i (B.37)

where i represents the difference between the actual and the best efficiency point relative
flow angles (i “ β2 ´ β2,opt). As shown in [50], this losses are negligible at design stage.

Passage loss The passage losses are calculated in a significantly different manner between the
three main loss models illustrated. Rohlik [47] calculates the passage losses according to the
following equation.

∆hP “ erpKEqR,id (B.38)

where pKEqR,id is the rotor ideal kinetic energy defined as function of the rotor loss coefficient
(er) and the actual kinetic energy pKEqR “W 2

3 {2 as:
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pKEqR,id “
pKEqR
1´ er

(B.39)

with er defined as:

er “

ˆ

0.017σR
cosβ3s ´ 0.003ZB ´ 0.017σR

˙ˆ

1`
1.9s

b2 ` b3

˙

(B.40)

where σR is the rotor blade-row solidity and s is the average of the rotor inlet and exit blade
spacing, defined as equation B.41 and B.42 respectively.

σR “

0.8D3m

ˆ

D3m

D2
´ 1

˙

s
(B.41)

and

s “
πD3m

ZB

ˆ

1

2

D2

D3m
` 1

˙

(B.42)

- Glassman [50] uses a simpler relation (equation B.43) to estimate the passage losses. Where
i is the incidence angle defined before and KP is a constant which assumes a value of 0.3, as
reported in [51].

∆hP “
1

2
KppW

2
2 cos2 i`W 2

3 q (B.43)

- According to [51], equation B.43 oversimplifies the passage loss assessment. The author suggests
that a better approximation can be achieved by means of equation B.44.

∆hP “ Kp

#

ˆ

Lhyd
Dhyd

˙

` 0.68

«

1´

ˆ

r3

r2

˙2
ff

cosβ3s

b3{c

+

1

2
pW 2

2 `W
2
3 q (B.44)

where Dhyd is the mean of the hydraulic exit diameters calculated by means of equation
B.45, Lhyd is the hydraulic length from equation B.46 and c is the rotor blade chord computed
as presented in equation B.47.

Dhyd “
1

2

"ˆ

4πr2b2
2πr2 ` ZBb2

˙

`

„

2πpr2
3s ´ r

2
3hq

πpr3s ´ r3h ` ZBb3q

*

(B.45)

Lhyd is approximated according to [51] as:

Lhyd “
π

4

„ˆ

z ´
b2
2

˙

`

ˆ

r2 ´ r3s ´
b3
2

˙

(B.46)

Where z is the axial length to radius ratio, which can be assumed equal to 0.7 according to
[41]. Finally, the rotor blade chord can be calculated by means of:

c “
z

cosβ
and tanβ “

1

2
ptanβ2 ` tanβ3q (B.47)

In this model, the value of the coefficient KP is normally set to 0.2 if the following relation
holds, otherwise to 0.1 [51].

r2 ´ r3s

b3
ă 0.2
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Disk friction loss Disk friction losses are commonly estimated equation from equation B.48,
where the Reynolds number is defined as: Re2 “ ρ2U2r2{µ2.

∆hDF “ 0.02125
ρ2U

3
2 r

2
2

9mRe0.2
2

(B.48)

Clearance loss The conventional loss model reported in [47, 49], calculates the enthalpy losses
due to clearance effect as direct function of the average clearance to blade-height ratio (c{b):

∆hCL “ ∆hy

´c

b

¯

(B.49)

where ∆hy represents the Eulerian work and c{b is calculated according to equation B.50.
c2{b2 and c3{b3 are the blade-shroud clearance to blade height ratio at the rotor inlet and outlet
respectively.

c

b
“

1

2

”´c

b

¯

2
`

´c

b

¯

3

ı

(B.50)

Rohlik [47] suggests to estimate the absolute axial and radial clearances (c2 and c3 respec-
tively) as a percentage of the reference diameters:

c2 “ 0.002D2

c3 “ 0.0025D3s

- Baines [51] proposed a more sophisticated model to account for clearance losses. Equation
B.49 has been replaced with:

∆hCL “
U3

2ZB
8π

pK2c2C2 `K3c3C3 `K23

a

c2c2C3C3q (B.51)

K2 and K3 are the axial and the radial portion of the tip gap discharge coefficients. A
value of 0.4 and 0.75 has been respectively indicated [51]. K23 is a coefficient that accounts for
the cross-coupled influence of axial and radial clearance effects on the overall turbine efficiency,
experimentally determined in reference [51]. A value of -0.3 has been attributed to K23. C2 and
C3 are defined according to:

C2 “
1´ pr3s{r2q

C2mb2
and C3 “

r3s

r2

z ´ b2
C3mr3b3

(B.52)

Exit loss The kinetic energy loss is commonly accounted by means of equation B.53.

∆hEX “
C2

3

2
(B.53)

Efficiency definition Once calculated the individual loss contributions, the total to static tur-
bine stage efficiency (ηSts) can be calculated by means of equations B.54, reported in [47], and
(ηNts) is consequently updated.

ηSts “
∆hy ´ p∆hDF `∆hCLq

∆hy `∆hS `∆hINC `∆hP `∆hEX
(B.54)

To conclude this section, Figure B.7 reports the individual loss contribution impact on the
overall turbine total to static efficiency as function of the specific speed (ns). The radial turbine
maximum efficiency should be expected for a value of ns around 0.6, as shown in [41].
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Figure B.7: Predicted individual efficiency loss contribution
as function of specific speed [41]

B.3 Model Implementation

The radial turbine detailed performance model is composed by two primary sections: (1) rotor
design, and (2) stator design. The inlet and outlet turbine flow and power characteristics are
fully determined by NPSS, once the cycle thermodynamic design has been completed. With
this information, the turbine rotor and stator can be geometrically characterized, assuming an
initial value for the total to static nozzle and stage efficiencies. These efficiencies are iteratively
refined with the loss model chosen (section B.2.2) and the final geometry is obtained.

This section discusses in detail the Matlab implementation of the radial turbine model,
starting from the rotor design approach and concluding with the stator model. A final section
is presented to show how these main turbine building blocks are coupled together and assessed
by means of the loss model. Considerations on turbine design performance parameters and
optimization bounds will be given throughout the development of this section.

B.3.1 Rotor Design

Although the stator component precedes the rotor, from a modeling perspective is the rotor
design performance which dictates stator parameters, since the first is responsible of the whole
turbine power output. The rotor is normally designed for a given power demand ( 9WT ) and inlet
flow conditions. Moreover, the rotational speed (N) or the rotor inlet radius (r2) have to be
specified. Because the turbine is directly coupled with the compressor, the first running option
ensures the correct mechanical matching between the components.

Initially, this section discusses the rotor model implementation, displaying how the theory
discussed in section B.2.1 has been used. Subsequently, a brief description on design criteria for
maximum efficiency and feasibility assessment is reported. These data have been employed as
guidance for the selection of the turbine design vector bounds during the optimization.
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Model Description

The following inputs are necessary to perform the rotor design characterization: gas constant
(γ), dimensionless mass flow (θ), dimensionless power ratio (Sw), rotor exit hub to tip radius
ratio (ν) and exit tip/shroud blade angle (β3s). Additionally, the dimensionless rotational speed
(U2{a00) can be specified, if the rotor has to be mechanically coupled with the compressor.
The code attempts to design the rotor for minimum inlet Mach number (M2) and exit relative
Mach number (M3sr), to minimize the rotor losses, following the procedure discussed in [41, 46].
Figure B.8 summarizes the design methodology.

Figure B.8: Rotor design code schematic
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An initial guess of the relative velocity ratio (WR) or the discharge velocity ratio (Cm3{U2)
is needed to preform the calculations. A value of 2.0 for the WR variable or of 0.25 for Cm3{U2

have been recommended in [47] and [167] respectively, for highly efficient radial turbines. Since
the design approach discussed in [41, 46] employs the first parameter to perform the calculation,
this running option has been normally preferred, although, as shown by equation B.20, these
two variables are interchangeable.

It is also possible to specify a design rotor inlet Mach number (M2,des), which will lead to
higher rotor losses. This option has been created to facilitate the turbine model validation phase
of this project. No use of this feature has been done for optimization purposes, since it has been
assumed that the stator is designed to ensure the optimal inlet Mach number condition. If the
M2,des variable has been defined by the user, two feasibility checks are performed to ensure the
correctness of the given input, see Figure B.8.
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Performance Consideration

Different parameters can be used to evaluate the rotor performance of a radial turbine. Two
parameters have been already mentioned during explanation of the rotor design procedure: the
relative velocity ratio (WR) and the discharge velocity ratio (Cm3{U2). As mentioned in section
B.2.1, optimal values are around 2.0 and 0.25 respectively. Reference [41] employs a more
effective group of parameters to evaluate the resultant design performance, which is constituted
by specific speed (equation B.55) and specific diameter (equation B.56).

ns “
ω
a

9V

∆h
3{4
0s

“
D3,M

D2

´ηS
λ

¯

„

2πk

ˆ

1´ ν2

1` ν2

˙1{2

(B.55)

and

ds “
D2∆h

1{4
0s

a

9V
“

D2

D3,M

ˆ

λ

ηS

˙„

π

2
k

ˆ

1´ ν2

1` ν2

˙´1{2

(B.56)

since k represents the discharge velocity ratio (Cm3{U2), ns and ds can be directly associated
to the rotor design methodology of Figure B.8. As visible from both Figures 4.4 and B.7, optimal
specific speed values lay between 0.4 and 0.8 for radial turbines, while optimal specific diameters
are around 3.4 [41]. Other authors have provided different guidelines to evaluate the rotor sizing
procedure, which have been efficiently summarized by Aungier [124]. In particular, Baljé [27]
suggested the following limitations:

0.2 ď Cm3{U2 ď 0.4 (B.57)

and

r3s{r2 ď 0.78 (B.58)

Rohlik [47] instead suggests a value of 0.7 as maximum threshold for equation B.58, while
Aungier [124] recommends that this ratio should not exceed 0.9. Additional limitations have
been provided on the meridional velocity ratio (Cm3{C2) and the reaction parameter (R), defined
according to equation B.59. Wood [169] suggests to limit Cm3{C2 between 1.0 and 1.5 for a highly
efficient rotor design. According to [124], fairly different recommendations have been given in
literature for the selection of R. An indication has been provided by the author to define a
preferred range for this parameter (B.60), although it might not be universally valid.

R “
h2 ´ h3

h02 ´ h03
(B.59)

and

0.45 ď R ď 0.65 (B.60)

Since dissimilar and sometimes contrasted indications have been given by different authors,
it becomes difficult to define strict performance requirements that must be satisfied by the rotor
design. Although, these parameters have been evaluated during the turbine design procedure,
the optimization has not been strongly constrained to respect these bounds. Because a detailed
loss model has been coupled with the design, already sufficient performance insight is given. Far
advanced turbomachinery detailed design phases, should address these aspects more carefully.
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Design Variables Considerations

Indications have been provided in [41, 46] to defined typical geometrical design parameter that
will be used during the rotor sizing. Thus, helping the turbine design vector bound definition
during the optimization phase. As mentioned, a low relative exit Mach number (M3sr) is bene-
ficial to reduce the passage losses, while a reduced absolute exit Mach number (M3s) positively
affects the exit kinetic energy losses. Therefore, it is of interest to minimize these variables
through the optimal selection of the exit blade angle (β3s).

As visible from Figure B.5, minimum M3sr occurs for an exit blade angle of approximately
-55˝, although more negative flow angles lead to a reduction of M3s. Hence, the final selection of
β3s depends on trade-off considerations to maximize the overall turbine efficiency. As suggested
in [41], flow angles up to -70˝ are admissible for their beneficial impact on the absolute exit
Mach number, while lower value than -50˝ can be considered unsatisfactory.

The rotor exit hub to tip radius ratio (ν) selection is dictated by stress requirements and
by the necessity of providing sufficient space to accommodate the blades [46]. Since further
refinement is needed in later design stages, general indications from literature have been used to
set the optimization bounds for this parameter. Rohlik [47] employs ν values limited between
0.4 and 0.7 for his analysis. The lower bound has been justified to avoid excessive blockage,
while the upper bound to prevent an excessive shroud curvature.

It has to be noted that the radial turbine exhibits a similar behavior to the compressor, in
the sense that at lower ν values correspond higher efficiency levels. Therefore, for this study, the
minimum hub to tip radius ratio has been limited to 0.3, as indicated in [146], while an upper
bound of 0.7 has been maintained according to [47].

Whitfield and Baines [41] provide additional indication on the typical order of magnitude
that the inlet blade angle (β2) should have. The authors indicate that optimal β2 angle lies
between -20 and -40 degrees. Although this parameter is defined throughout the rotor design
procedure (Figure B.8), checks have been built in the code to verify whether this suggested
range has been met by the resultant calculations.

B.3.2 Stator Design

The stator has been modeled following the procedure discussed in section B.2.1, assuming con-
servation of angular momentum [124]. Moreover, the nozzle has been designed to ensure that the
required rotor inlet flow conditions are met. An interspace has been modeled to ensure sufficient
nozzle wake mixing before entering the rotor [41], using equation B.31 reported in [168]. Al-
though it is possible to specify a stator inlet Mach number (M0), the design has been carried out
for a given nozzle radius ratio (r0{r1), assuming that the resultant inlet Mach number condition
can be met within the turbine inlet ducts.

Indications have been proposed by Aungier [124] to constraint the nozzle radius ratio between
1.1 and 1.7. This observation has been used to define the turbine nozzle related optimization
bound presented in Table 5.5. As discussed in [169], typical straight blade nozzles exhibit
efficiencies in the order of 97% to 99%. Therefore, such a simple design procedure is more than
justified at this stage of the project.

B.3.3 Performance Evaluation

Once the rotor and stator designs have been completed, sufficient geometrical data are avail-
able to assemble the whole turbine model and assess its performance. Figure B.9 shows the
overall turbine model implementation, which connects the stator and rotor blocks to the chosen
loss model. Depending on the running mode chosen, given rotational speed (N) or specified
rotor inlet radius (r2), additional iterations with the design rotor code are needed to properly
characterize the rotor geometry.
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Finally, the design performance are evaluated by means of the loss model discussed in section
B.2.2. Glassman’s loss model [49, 50] have been preferred in this work due to the reasons given
in section 4.3.1. Using the individual loss contribution equations, a better estimation of the
rotor and stator total to static efficiency can be made. Through further iterations with the
component design blocks, a more accurate geometrical refinement is obtained.

Figure B.9: Radial turbine design code schematic
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Eq.B.4

Sw

N given r2 given

ZB
Eq.B.13

r2

U2{a00
Eq.B.7Eq.B.7

θ

Rotor

Stator

Loss Models

ErrηNts
ą toll

ErrηSts
ą toll

ηNts ,ηSts

During the optimization, the input flow and geometrical data needed are provided respec-
tively by NPSS and the system optimizer. Consistency has been guarantee in the current turbine
model by ensuring that continuity and component matching are respected between rotor and
stator elements. After having completed the this turbine analysis, sufficient geometrical insight
has been obtained for the turbine weight assessment.
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APPENDIXC

Combustor

This appendix chapter describes the combustor model implemented in this project. The burner
design sizing procedure has been discussed in section C.1, which leads to the definition of main
geometrical features used by the weight model. Section C.2 describes a preliminary procedure
to estimate the flame temperature in the different combustor areas: recirculation zone, primary
zone, secondary zone and dilution zone.

These information are employed in section C.3 to characterized the uncooled wall temper-
ature and establish liner cooling requirements. If the uncooled wall analysis (section C.3.1)
establishes that cooling should be employed, a procedure to opportunely distribute the available
coolant is discussed (section C.3.2).

In the event this procedure leads to an insufficient cooling design, a failure message is trans-
mitted to the optimizer which deals with it as explained in section 4.4 of the main document.
The hereby discussed combustor model has been built in Matlab as shown in Figure 4.6. Thus,
this section provides the theoretical background used to build the model presented in section
4.4.1.

C.1 Design Methodology

As explained in [16], the difficulties encountered in obtaining satisfactory combustor design
performance are inversely proportional to the size of the combustor. In fact, as the dimensions
are reduced, the possibility of efficiently controlling the fluid flow diminishes, sealing and cooling
problems becomes more severe. Hence, common scaling techniques cannot be easily defined for
combustors [68], making necessary the investigation of more advanced techniques to gain the
component geometrical and performance data needed for this project.

A general methodology has been developed by Melconian and Modak [70], based on empirical
work and experience accumulated across the years, which allows to establish preliminary geo-
metrical and aerodynamic features to support the initial combustor development. The procedure
discussed is based on the following four steps:

(1) Selection of the combustor type

(2) Case and liner cross-sections characterization

(3) Sizing of combustor zones and associated features

(4) Specification of liner cooling requirements

A detailed description of the originally developed methodology is also available in references
[71, 72, 74, 170]. The combustor type selected for the current project is annular, since this
configuration exhibits less problems related to the close coupling with compressor and turbine,
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and to the high rotational speed typical of small gas turbines [74]. Nonetheless, this method-
ology is applicable to can, annular and can-annular combustors arrangements, with only minor
modifications that will be illustrated.

This section discusses the whole geometrical characterization of the combustor, defining
those parameters that are used in the weight assessment. In particular, the case and liner
sizing methodology, which allows to establish the width of the burner, is initially presented.
Subsequently, the main combustor zones (diffuser, primary, secondary and dilution) are fully
characterized, defining the whole length of the combustion chamber.

C.1.1 Case and Liner Characterization

The case and liner area sizing procedures are presented in this section, leading to the complete
combustor width characterization. Slight differences in the sizing approach can be identified
depending on the combustor type selected. Proper explanation is given accordingly.

Determination of Reference Area

The determination of the combustor reference area (Aref ), coincident with the casing area, is
based on aerodynamic and chemical considerations. The first methodology produces an Aref
value which ensures satisfactory aerodynamic performance, with limited pressure losses, while,
the second, focuses more on combustor chemical performance, ensuring that a good efficiency
is obtained [72]. The two procedures might lead to a different reference area value. Typical
preliminary design approach is to prefer the aerodynamic procedure to size the combustor, while,
good overall performance are ensured through later and more advanced design refinements.

Figure C.1 shows the reference area meaning with respect to the different combustor archi-
tectures available: can, annular and can-annular. Depending on the combustor type, equation
C.1 can be use to calculate the reference area for can/multi-can combustors, while equation C.2
for annular and can-annular.

Aref “ π
D2
ref

4
(C.1)

and

Aref “
π

4

”

p2Dref `Diq
2
´D2

i

ı

(C.2)

where Dref is the reference diameter and Di is the internal diameter (Figure C.1), deter-
mined assuming a 5% clearance from the shaft. Once established the reference area with the
methodology discussed below, equations C.1 and C.2 are used to calculate the actual diameter
of the combustor case.

Figure C.1: Reference area definition for different combustor
types, adapted from [71]
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Aerodynamic Design As mentioned, the combustor aerodynamic design is a critical aspect
to be firstly considered because of its direct impact on burner performance at every engine
operating point. In particular, since strong mixing occurs between fresh air and burnt products,
a proper aerodynamic design is needed to limit the total pressure losses in the chamber [74].

A set of reference quantities has to be defined before introducing the actual reference area
calculation procedure. The reference velocity (Uref ) is defined as the mean velocity across the
plane of maximum cross-sectional area of the case, in the absence of the liner (equation C.3).

Uref “
9m3

ρ3Aref
(C.3)

The reference dynamic pressure (qref ) is defined according to equation C.4 as function of the
reference velocity.

qref “
1

2
ρ3U

2
ref (C.4)

Once discussed these quantities, equation C.5 have been developed in [70] to calculate the
combustor reference area as function of combustor design pressure losses and given inlet flow
conditions.

Aref “

«

R

2

ˆ

9m3

?
T03

P03

˙2 ∆P3´4

qref

ˆ

∆P3´4

P3

˙´1
ff

(C.5)

where, ∆P3´4{P3 is the combustor total pressure loss and ∆P3´4{qref is the pressure loss
factor, given as the sum of diffuser pressure drop (∆Pdiff{qref ) and the liner pressure drop
(∆PL{qref ), as equation C.6.

∆P3´4

qref
“

∆Pdiff
qref

`
∆PL
qref

(C.6)

This quantity is a characteristic propriety of the combustor, which depends only on the
selected burner type and not on the operating conditions. Typical values are given in Table C.1,
taken from reference [74].

Combustor Type ∆P3´4{P3 ∆P3´4{qref
Can 0.07 37

Can-Annular 0.06 28

Annular 0.06 20

Table C.1: Typical combustor pressure losses, adapted from [74]

The values indicated under the ∆P3´4{P3 column in Table C.1 represent the commonly used
cold total pressure loss values for a given combustor type. As indicated in [74], the cold losses
represent the major contribution to the overall pressure drop within the combustion chamber,
since they depends entirely on turbulence and friction phenomena.

Further combustor pressure losses are associated to the heat addiction. Exact quantification
of these loss source is quite complex at this stage, since it is normally experimentally determined.
Nonetheless, this loss contribution is significantly lower than cold losses. A typical range lies
between 0.005 and 0.01, for moderate temperature combustors [74]. Hence, the whole combustor
pressure losses have reasonably been modeled as cold losses in this preliminary work.

Chemical Design The reference area can also be defined from efficiency considerations, which
are representative of the whole chemical process occurring in the combustor [70, 71, 74]. For
any operating condition, the combustion efficiency can be expressed as function of the so called
θ-parameter, defined according to equation C.7.
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θ “
P 1.75

03 ArefD
0.75
ref exppT3{bq

9m3
(C.7)

where b is a constant typically assumed equal to 300 [74], or more precisely obtained as
reported in [70], according to:

b “ 245p1.39` lnpφPZqq for 0.6ăφPZă1.0

b “ 170p2.00´ lnpφPZqq for 1.0ăφPZă1.4

The primary zone equivalence ratio (φPZ) can be determined from the overall equivalence
ratio (φ), representing the ratio between the actual fuel to air ratio to the stoichiometric fuel to
air ratio, and the primary zone mass flow ( 9mPZ), according to equation C.8, [71].

φPZ “ φ
9m3

9mPZ

(C.8)

The primary zone equivalence ratio has to be determined within the flame rich and weak
stability limits to makes sure that the combustion takes place. According to [70], most of the
hydrocarbons burnt in air have shown a flame limiting temperature of 1600K for weak mixtures,
assuming no influence of pressure on this limit.

Hence, the limiting equivalence ratio correspondent to weak mixtures is given by any condi-
tion that produces a temperature rise of: 1600K´T3 “ ∆T . The correspondent weak equivalence
ratio can be calculated interpolating data available in Figure C.2, which gives the adiabatic flame
temperature rise as function of the equivalence ratio and the combustor inlet temperature, [70].

Figure C.2: Typical adiabatic temperature rise [70]

Moreover, reference [70] suggested to limit the rich equivalence ratio to a maximum value of
1.5 to ensure the minimization of smoke, CO and UHC, which corresponds to a primary zone
inlet mass flow of about 23% of the total combustor inlet air.

Once the weak and rich limits have been defined, the actual primary zone equivalence ratio
can be calculated from equation C.8, assuming a more conservative 9mPZ value of 25%, as sug-
gested in [70]. If the resultant φPZ satisfies the flame stability limits just defined, the constant
b can be accurately determined and substituted in equation C.7.
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Finally, equation C.7 can be used to determine the reference area assuming a value of 73 ¨106

for the θ-parameter, since, as pointed out in [70], this number leads to a burner efficiency close
to 100% for the majority of the combustor types (Figure 2.8).

Determination of Liner Areas

The selection of the liner area (Aft) has a strong impact on the overall liner performance. In
particular, a great liner cross-sectional area is beneficial since it contributes to reduce the flow
velocity within the liner, improving: ignition, stability and combustion efficiency [74].

However, the more Aft is increased, the less becomes the annulus area, with the consequent
rising of the annulus velocity and dropping of static pressure. Sufficient annulus static pressure
has to be maintained because it is necessary to ensure a good mixing between air and combus-
tion products [74]. Therefore, the liner area has to be selected considering both aspects just
mentioned.

A simple relation is commonly used to determine the liner sectional area (Aft), where its
value is assumed as a certain percentage of the reference area (equation C.9). According to [70],
assuming the constant k equal to 0.7 gives satisfactory results for can and annular combustors,
while, for can-annular arrangements, k should be selected between 0.65 and 0.67.

Aft “ k ¨Aref (C.9)

A more accurate approach to define this constant has been developed by Lefebvre and Norster
[73] from consideration on liner static pressure drop (∆PL) to primary zone dynamic pressure
(qPZ) ratio, given by equation C.10. In particular, this ratio should be maximized to ensure good
annulus and liner performance. Derivation of equation C.10 with respect to k, leads to equation
C.11 which defines the optimal constant value (kopt) to be used in equation C.9 to maximize the
static pressure drop across the liner and minimize the liner dynamic pressure.

∆PL
qPZ

“ 1`
T3

TPZ

ˆ

k

mPZ

˙2 "∆P3´4

qref
´
p1´msnq

2 ` λrr2p1´ kq2 ´ 1s

p1´ kq2

*

(C.10)

where TPZ is temperature in the primary zone, mPZ and msn represent the ratio of the air
mass flow in the primary zone to the total chamber air and the ratio of the air entering the snout
to total chamber air respectively. r is the ratio between reference area and compressor outlet
area and λ is the diffuser pressure loss coefficient, which depends on the diffuser type employed
[74].

kopt “ 1´

„

p1´msnq
2 ´ λ

p∆P3´4{qref q ´ λr2

1{3

(C.11)

Graphical representation of equations C.10 and C.11 is given in Figure C.3 as function
of a given set of combustor parameters. Since these more detailed calculations assume the
availability of certain combustor variables, the simplified approach discussed in reference [70]
has been employed in this preliminary work. As visible from Figure C.3, this approach does not
lead to a significant difference with respect to the employment of equation C.11.

C.1.2 Combustor Zone Characterization

This section discusses in detail the geometrical characterization of the major combustor zone,
defining length and primary features of: diffuser and swirler, recirculation zone, primary zone,
secondary zone and dilution zone. This information is used by the combustor weight model to
estimate the whole weight of the component.
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Figure C.3: Liner pressure loss influence on optimum liner to case
area ratio, adapted from [73]

Eq.C.11

Determination of Liner Zones Length

The liner primary zones length characterization is made in this section. Practical suggestions to
determine the longitudinal dimensions of primary zone, secondary zone and dilution zone has
been provided in references [70–72]. In particular, the primary zone length is assumed equal to:
LPZ “ 0.75Dft and the secondary zone to: LSZ “ 0.5Dft, as indicated in [70, 71]. The dilution
zone length is determined as function of the pressure loss factor and the pattern factor (PF ),
according to Table C.2, provided in [71].

∆P3´4{qref LDZ{Dft

15 3.78-6PF

20 3.83-11.83PF+13.4PF 2

30 2.96-9.86PF+13.3PF 2

50 2.718-12.64PF+28.51PF 2

Table C.2: Dilution zone length estimation [71]

The pattern factor is an important parameter for life and durability of the hot components
which follow the combustor, since it measures the temperature difference between the average
burner exit temperature (T04) and the maximum recorded temperature (T04,max), as given form
equation C.12 [74]. Due to burner wall and turbine stator cooling flows, the burner exit tem-
perature distribution is rarely flat. A pattern factor value of 0.20 could be initially assumed, as
suggested in [70].

PF “
T04,max ´ T04

T04 ´ T03
(C.12)

The pattern factor can be more precisely calculated from equation C.13, valid for can and
can-annular combustors, and equation C.14, only applicable to annular chambers [74]. Where
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∆PL{qref is calculated from equation C.6, once the diffuser losses have been specified, and Lft is
the overall liner length, determined as the sum of primary, secondary and dilution zones length.
An iterative procedure has been developed to refine the initially assumed PF value.

PF “ 1´ exp

ˆ

´0.070
Lft
Dft

∆PL
qref

˙´1

(C.13)

and

PF “ 1´ exp

ˆ

´0.050
Lft
Dft

∆PL
qref

˙´1

(C.14)

Diffuser Detailed Sizing

The basic design of the diffuser can be carried on by following the steps presented in [70, 71],
assuming that the exit diffuser velocity is equal to the annulus inner. Hence, the exit diffuser
area (Ao) is calculated from equation C.15.

Ao
Aan

“
9m3

9man
(C.15)

The annulus area (Aan) is determined as difference between the reference area and the liner
area and the annulus mass flow ( 9man) assuming a conventional combustor design, where half of
the primary zone mass flow is admitted through the swirler as dome-cooling [70].

The diffusion angle (ψ) can be calculated by means of the equation C.16, reported in [70,
71, 77]. Where, ∆Pdiff{P3 represents the total pressure losses in the diffuser, which should be
assumed equal to 0.01, as indicated in [70].

∆Pdiff
P3

“ 1.75R

„

9m3

?
T03

P03

2
ptanψq1.22

A3

„

1´
A3

Ao

2

(C.16)

Once the diffuser angle is available, the diffuser length can be estimated as follows:

Ldiff “
Do ´D3

2 tanψ
(C.17)

Finally, the inlet snout area (As) can be calculated by means of equation C.18, where 9ms

indicates the mass flow through the snout and Cd,s is the snout discharge coefficient, which, as
first approximation, should be assumed equal to the unity [70].

As
Ao

“
1

Cd,s
(C.18)

Figure C.4 visually summarizes the combustor diffuser features described during the devel-
opment of this procedure. Once the diffuser angle has been calculated, the case inner length
(LC,in) can be calculated using equation C.17 and substituting Do with Dref .

Swirler Design

The swirler design is entirely based on the work done by Knight and Walker [79], cited in
references [70, 71]. According to these documents, three main geometrical parameters can be
used to fully define the swirler configuration: the turning angle βSW , which lies between 45˝ and
70˝, the swirler area (ASW ) and the concordance factor (KSW ), which assumes a value of 1.3 for
thin straight blades and 1.15 for thin curved blades.

Another important parameter is the swirler mass flow ( 9mSW ). Experiments have shown that
for a well designed combustor this value should lie between 3% and 12% of the total mass flow
[70]. Finally, equation C.19 can be used to calculate the swirler area. In this project, the average

A54



Figure C.4: Combustor front end geometrical diagram, adapted from [70]

of the range provided has been assumed for βSW and 9mSW . Furthermore, a straight configuration
has been selected for the swirler blades.

∆PSW
qref

“ KSW

«

ˆ

Aref
ASW

˙2

sec2 βSW ´

ˆ

Aref
Aft

˙2
ff

ˆ

9mSW

9m3

˙2

(C.19)

Considering that the swirler total pressure loss is given subtracting from the combustor total
pressure losses the pressure drop across snout and diffuser, equation C.20 can be derived [70].
Thus, substituting equation C.20 into C.19, the swirler area can finally be calculated.

∆PSW
qref

“
∆P3´4

qref
´

∆Ps
qref

´
∆Pdiff
qref

(C.20)

where ∆Ps is the total loss across the snout, which is typically set to 25% of the dynamic
pressure at the snout mouth (equation C.21), according to [70].

∆Ps
qref

“ 0.25
qs
qref

“ 0.25

ˆ

Aref
As

˙2

(C.21)

Finally, the swirler outer diameter (DSW ) is assumed 30% of the combustor liner diameter,
as indicated in [70].

Recirculation Zone Characterization

References [70, 71] provide a general rule of thumb to define the recirculation zone length (LRZ),
which is coincident with the downstream portion of the so called “magic circle” in Figure C.4.
In particular, LRZ is approximately given by two swirler diameters, verification has to be made
to ensure that the resultant value is smaller than the primary zone length [71].
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References [71, 77] provide useful relations to calculate the dome angle (equation C.22) and,
subsequently, the dome length (equation C.23), thus, fully characterizing the recirculation zone
geometry and concluding the whole combustor geometrical characterization.

θ “ arccos

»

–

´DftpDft ´ 2DSW q ´ pDft ´ 4LRZq

b

D2
ft ´ 4DftDSW ` 4D2

SW ´ 8DftLRZ ` 16L2
RZ

2D2
ft ´ 4DftDSW ` 4D2

SW ´ 8DftLRZ ` 16L2
RZ

fi

fl

(C.22)
and

Ldome “
Dft ´DSW

2 tan θ
(C.23)

C.2 Flame Temperature

The preliminary estimation of the flame temperature is important for the characterization of
the liner wall temperature and the establishment of cooling requirements. Calculations are
performed to determine the exit temperature of: recirculation, primary, secondary and dilution
zones, assuming a liner variation between inlet and outlet total temperatures (Tin and Tout) of
each zone. Therefore, the temperature distribution assumes the form of equation C.24, according
to [70, 71].

Tout “ Tin ` η∆Tφ (C.24)

where η is the combustion efficiency of each zone, determined as shown in the following
sections, and ∆Tφ is the ideal temperature rise from the inlet value Tin to the adiabatic flame
temperature for the given equivalence ratio (φ) of each combustor zone.

Recirculation Zone

The recirculation zone entry temperature is considered equal to the combustor inlet temperature
(T03), and the ideal temperature rise can be estimated from Figure C.2 assuming an equivalence
ratio of 1.0, as indicated in [70]. Substituting these considerations into equation C.24, equation
C.25 is determined.

TRC “ T03 ` ηRC∆Tφ“1 (C.25)

The recirculation zone efficiency is given by equation C.26 [70], where P3 is the static pressure
at the combustor inlet.

ηRC “ 0.56` 0.44 tanh r1.5475 ¨ 103pT03 ` 108 lnP3 ´ 1863qs (C.26)

Since the recirculation zone is partly stirred, the temperature calculated through equation
C.26 is only locally existing, hence, reference [70] suggests to define the zone exit temperature
according to the following mean:

Tout,RC “
T03 ` 2TRC

3
(C.27)

Primary Zone

The temperature at the exit of the primary zone is calculated using equation C.28 [70], where
the primary zone equivalence ratio has been previously determined from equation C.8, and the
primary zone combustion efficiency is given by equation C.29.
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Tout,PZ “ T03 ` ηPZ∆Tφ“φPZ (C.28)

and

ηPZ “ 0.71` 0.29 tanh r1.5475 ¨ 103pT03 ` 108 lnP3 ´ 1863qs (C.29)

Secondary Zone

The secondary zone inlet temperature is coincident with the primary zone exit temperature,
given by equation C.28. The zone exit temperature is normally determined from equation C.24,
once appropriate substitutions have been made. The zone combustion efficiency calculation
procedure differs for secondary zone rich or weak mixtures.

Weak Mixtures Equation C.30 can be used to estimate the secondary zone combustion effi-
ciency (ηSZ) in case of weak mixtures.

log rlog p1{ηSZqs “ 0.911 logψ300 ` 8.02φSZ ´ 1.097`D˚ (C.30)

where D˚ is a constant that is typically experimentally determined. Nonetheless, reference
[70] provides a relation that can be used in the absence of experimental data (equation C.31)
for a preliminary estimation of this variable.

D˚ “ 0.736´ 0.0173
P3

∆P3´4
(C.31)

ψ300 is the kinetic fuel loading which is defined for T03 “ 300K according to equation C.32
[70]. In the following relation, VPZ is the primary zone volume given according to equation C.33
[71], and n represents a constant which is function of the secondary flow equivalence ratio as
follows: n “ 1.0 for φSZ ď 0.5, n “ 2φSZ for 0.5 ă φSZ ď 1.0, n “ 2{φSZ for 1.0 ă φSZ ď 2.0 and
n “ 1.0 for φSZ ą 2.0.

ψ300 “
9mf

VPZPn03

(C.32)

and

VPZ “ πD2
ft

„

LPZ ´ LRZ

4
`
LRZ

12



(C.33)

Since most likely the combustor inlet temperature differs from 300K, the kinetic fuel loading
has to be corrected to adapt it to the given inlet flow conditions. References [70, 71] provide
equation C.34 to accomplish this task. Once ψT03 has been calculated, it can be substituted in
equation C.30 instead of ψ300.

ψT03
ψ300

“

´

10´3.054y´1.205
¯´

T 1.2327y´1.205

03

¯

(C.34)

where y is a constant which depends on the secondary zone equivalence ratio, similarly to n.
In particular, y assumes the following values: y “ φSZ for φSZ ď 1 and y “ 1 for φSZ ą 1.
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Rich Mixtures Equation C.35 replaces equation C.30 in the event of rich mixtures in the sec-
ondary zone.

ηSZ “
1

φSZ
(C.35)

According to [70], the determination of the amount of fresh air entering the secondary zone
should be made considering the combustor richest operating condition. In particular, the sec-
ondary zone equivalence ratio in these conditions should never exceed 0.8. The amount of air
needed to satisfy this condition can be determined using equation C.36, with φSZ “ 0.8, as
reported in [71].

9mPZ ` 9mSZ

9m3
“
φrich
φSZ

(C.36)

where φrich is the overall combustor equivalence ratio in the richest operating condition.
Normally, the richest operating point occurs at take-off. However, because take-off considerations
have not be made for the baseline engines defined in this work, the only combustor operating
condition available at this stage is represented by the cruise design point.

Therefore, the engine design NPSS data have been used to determine the secondary zone mass
flow requirements, assuming a more conservative value of 0.6 for the secondary zone equivalence
ratio (φSZ), as suggested in [77].

Dilution Zone

Melconian and Modak [70] suggested to calculate the dilution zone combustion efficiency (ηDZ) of
the zone according to equation C.30, however, no clear indication has been given in the reference
regarding the validity and variation of the previously given constants as function of the dilution
zone equivalence ratio. On the other hand, Gosselin et al. [171] suggest to approximate ηDZ as
equal to the secondary zone previously calculated. This last assumption has been kept in this
work as well.

Finally, considering that the dilution zone inlet temperature is equal to the secondary zone
exit temperature, equation C.24 is opportunely adapted to calculate the zone exit flame temper-
ature. With this, the whole flame temperature distribution across the combustor primary zones
is fully made. This information is employed in the wall temperature assessment, discussed next.

C.3 Wall Temperature

The determination of the wall temperature is essential to establish whether the combustor liner
requires cooling flow and, in case this is needed, to evaluate the feasibility of the implemented
cooling system. Reference [74] provides a complete methodology to preliminary estimate the
uncooled and cooled wall temperatures under steady state conditions. This approach is more
than sufficient for the current combustor model.

The combustor liner can be modeled as a container of hot gasses surrounded by the casing,
with fresh air flowing in between. Hence, the heat is transferred from the hot mixture to the
liner internal face through radiation and convection, and, in a similar manner from the external
face towards the case. Conduction occurs between the two liner wall faces and along the liner
length as well. Figure C.5 summarizes the liner heat transfer process just described.
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Figure C.5: Liner heat transfer process [74]

Under the reasonable simplification of considering the liner thin and neglecting the conduc-
tion along the liner (K “ 0), equation C.37 can be written, which represent the heat balance
under steady state condition. This relation can be used to determine the internal and external
liner wall temperatures.

R1 ` C1 “ R2 ` C2 “ K1´2 (C.37)

This equation holds only with the assumption of negligibly small liner longitudinal conduc-
tion and considering the liner wall as thin, meaning that the difference between internal and
external liner surface area is negligible as well [74]. The conduction heat flux (K1´2) through
the liner wall is defined according to equation C.38.

K1´2 “
kw
tw
pTw1 ´ Tw2q (C.38)

where kw is the liner conduction coefficient, which depends on the combustor material, tw
is the liner wall temperature, Tw1 and Tw2 are the internal and external liner wall temperature
respectively, which have to be determined from the system of equations resulting from C.37.
Typical material employed for combustors are nickel-based alloys such as: Hastelloy X, Nimonic
75, 80 and 90, which have gradually replaced the originally used austenitic stainless steels
[111, 132]. A general value of 26 W/mK, typical of Nimonic alloys, has been assumed for kw, as
suggested in [74], while the thickness tw has been determined as presented in section 2.4.4.

The remaining terms of equation C.37 are differently determined for uncooled and cooled
walls. The following sections discuss the calculation procedure of Tw1 and Tw2 for both cases.
For this project, cooling has been assumed to take place when the calculated uncooled liner wall
temperature exceeds 1300K, as suggested in [70]. No wall coating has been modeled here.

C.3.1 Uncooled Wall Temperature

The uncooled wall temperature is always a priori calculated to establish whether the liner has
to be cooled. The procedure to establish the individual terms of equation C.37 has been taken
from reference [74]. This chapter summarizes the cited approach dividing the treatise in: internal
radiation (R1), external radiation (R2), internal convection (C1) and external convection (C2).

Internal Radiation

The total internal radiation is function of two contributions: (1) the non-luminous radiation
emanated by gasses like carbon dioxide and water vapor and (2) the luminous radiation which
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is dependent on the number of solid particles (soot) inside the burnt gasses. By taking into
account these two contributions a final expression for R1 assumes the form of equation C.39.

R1 “ 0.5σp1` εwqεgT
1.5
g pT 2.5

g ´ T 2.5
w1 q (C.39)

where εw and εg are the wall emissivity, typically varying between 0.7 and 0.8 for Nimonic
and stainless steel [74] and of the gas emissivity (equation C.40), respectively. σ is the Stefan-
Boltzmann factor (5.67 ¨ 10´8 W/m2K4) and Tg is the bulk gas temperature of each liner zone,
determined as shown in section C.2. The gas emissivity can be calculated as follows by consid-
ering luminous and non-luminous contributions [74]:

εg “ 1´ exp
“

´290PLpqlbq
0.5T´1.5

g

‰

(C.40)

where P is the gas pressure in kPa, assumed equal to P03, q is the fuel to air ratio by mass
given by NPSS, L is the luminosity factor, determined as shown below and lb is the beam length,
which depends on the size and shape of the gas volume and varies between 0.6Dft and 0.9Dft

for can combustors, and, is equal to 1.0Dft for the inner liner and to 1.2Dft for the outer liner
in annular combustors [74].

Several relations have been developed to determine the luminous factor, which are mainly
dependent on fuel carbon to hydrogen ratio by mass (C{H). Equation C.41 has been originally
presented in [172].

L “ 7.53pC{H ´ 5.5q0.84 (C.41)

According to [74], this equation has been subsequently modified to:

L “ 3pC{H ´ 5.2q0.75 (C.42)

Kretschmer and Odgers [173] have proposed an alternative expression (equation C.43) to the
previously developed to calculate the luminosity factor.

L “ 0.0691pC{H ´ 1.82q2.71 (C.43)

Finally, Lefebvre [174] has more recently developed equation C.44, which is dependent on
H, defined as the fuel hydrogen content by mass in percentage. According to [74], any of these
equations can be used, since they lead to similar results. In this project, equation C.44 has been
employed.

L “ 336{H2 (C.44)

External Radiation

The external radiation (R2) can be calculated using equation C.45. Where εc is the case emis-
sivity constant, set equal to 0.8, assuming the case made of steel [74], in agreement with the
combustor weight model. Aw{Ac is the liner surface area to casing surface area ratio, differently
determined depending on the combustor type.

R2 “ σ
εwεc

εc ` εwp1´ εcqpAw{Acq
pT 4
w2 ´ T

4
03q (C.45)

Internal Convection

The internal convection (C1) is determined from equation C.46 [74], where kg and µg are the gas
conductivity and viscosity coefficients respectively, which have been determined interpolating
data tabulated in reference [175], and 9mg is the hot gas mass flow in the correspondent combustor
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zone. The coefficient 0.020 of equation C.46 has been substituted by 0.017 for primary zone
calculations, as indicated in [74], to account for the fact that lower than average Tg are present
near the wall.

C1 “ 0.020
kg
D0.2
ft

ˆ

9mg

Aftµg

˙0.8

pTg ´ Tw1q (C.46)

External Convection

The eternal convection (C2) is calculated using equation C.47 given in [74]. Where, ka and
µa are the air conductivity and viscosity coefficients respectively, again determined form the
tabulated data of reference [175].

C2 “ 0.020
ka
D0.2
ft

ˆ

9man

Aanµa

˙0.8

pTw2 ´ T03q (C.47)

Substituting equations C.39, C.45, C.46 and C.47 into equation C.37, the system can be
solved for Tw1 and Tw2, determining the internal and external uncooled liner wall temperatures.

C.3.2 Cooled Wall Temperature

As mentioned, if the calculated uncooled wall temperatures in any of the combustor primary
zones exceed 1300K, cooling is required. The amount of cooling air necessary can be estimated
using equation C.48, given in reference [70]. This relation provides the percentage of the total
mass flow entering the combustion chamber that has to be used as coolant ( 9mcool,%) as function
of the inlet flow temperature.

9mcool,% “ 0.1T03 ´ 30 (C.48)

Although multiple techniques are available to cool the liner, film cooling has been tradition-
ally employed on combustors of different dimensions due to its manufacturing simplicity [176].
This technique is based on the idea of isolating the combustor liner from the hot gasses by
creating a cold film of coolant in between. Because of turbulence, the film becomes less effective
after a certain distance form the cooling slot.

Hence, slots are repeated with an interval of 40 to 80 millimeters to ensure a sufficient cooling
effectiveness (ξc), [176]. Other important geometrical parameters that have to be establish for an
effective film cooling are: the slot height (s), which typically assumes values between 1.5mm and
3mm, the slot wall thickness (t) and the liner wall thickness (tw) Some of the above mentioned
parameters are summarized in the Figure C.6.

Figure C.6: Cooling slots main geometrical parameters [71]

The slot height and the distance between cooling holes have been assumed equivalent to the
minimum of the intervals given to ensure sufficient cooling performance. The slot wall thickness
has been calculated assuming a t{s ratio of 0.4, as given in reference [74]. These values might
not be accurate for extremely small combustors, however, since no further guidance has been
found in literature, further combustor development has been recommended in these cases.
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Once these geometrical parameters have been determined, the slot area (Aslot) can be cal-
culated using equation C.49 for can and can-annular chambers and equation C.50 for annular
combustor [71]. The determination of the slot area is essential to estimate the amount of mass
flow flowing through the slot ( 9mslot).

Aslot “ πDfts (C.49)

and

Aslot “ pDi `Danqs` πpDi ` 2Dref ´Danqs (C.50)

The slot mass flow can be calculated from equation C.51 [71], after having opportunely
defined the slot flow area.

9mslot “ 9man
Aslot
Aan

(C.51)

The cooling performance are assessed through the evaluation of the wall temperature at a
point located just before the next cooling slot. This can be done once the film cooling effective-
ness at that particular location has been established. Reference [74] provides a set of empirical
relations to determine ξc at a certain distance (x) from the slot. In particular, equation C.52 is
valid for 0.5 ă m ă 1.3 and equation C.53 for 1.3 ă m ă 4.0, where m is the mass velocity ratio
given as equation C.54 [71].

ξc “ 1.10m0.65

ˆ

µa
µg

˙0.15 ˆx

s

˙´0.2 ˆ t

s

˙´0.2

(C.52)

and

ξc “ 1.28

ˆ

µa
µg

˙0.15 ˆx

s

˙´0.2 ˆ t

s

˙´0.2

(C.53)

with

m “
ρaUa
ρgUg

“
9mslot

9mg

Aft
Aslot

(C.54)

From the definition of cooling effectiveness (equation C.55) the adiabatic wall temperature
(Tw,ad) is calculated, which measures the gas temperature close to the liner internal wall.

ξc “
Tg ´ Tw,ad
Tg ´ T03

(C.55)

Finally, the wall temperatures Tw1 and Tw2 can be established from equation C.37. The
only term that is modified by the application of cooling flow is the internal radiation (C1).
Therefore, equations C.56 and C.57 replace equation C.46 for 0.5 ă m ă 1.3 and 1.3 ă m ă 4.0
respectively.

C1 “ 0.069
ka
x
Re0.7

x pTw,ad ´ Tw1q (C.56)

and

C1 “ 0.1
ka
x
Re0.8

x

´x

s

¯´0.36
pTw,ad ´ Tw1q (C.57)

where Rex is given as:

Rex “ ρaUa
x

µa
(C.58)
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APPENDIXD

Weight

A sufficient description has been provided in sections 2.4 and 4.5 to understand how the weight
model has been built for heat exchangers, combustor, gearbox and accessories. More details
are here given for compressor, turbine and shaft weight estimation to provide the reader with a
more complete overview of the implemented model.

D.1 Compressor Weight Model

The compressor weight model has been based on what reported in references [83, 84]. The overall
compressor stage weight can be approximated with the sum of: blades, disk, shroud, diffuser
and case weight. The last three contributions can be easily determined with the information
given in section 2.4.2. However, no sufficient level of detail is available in [84] for a complete
component weight evaluation, since the calculation procedure for the disk and blades has been
just briefly mentioned. Therefore, a model have been developed, using the available geometrical
data and considerations reported in literature, to assess their weight contribution. Furthermore,
criteria for defining the compressor material and assess its feasibility with respect to the design
operating conditions have been discussed here as well.

D.1.1 Material Considerations

Since the component weight can only be assessed once the material density (ρ) has been es-
tablished, it is necessary to spend few words on material selection criteria, before diving into
disk and blades weight modeling. The material is defined from considerations on component
operating conditions and minimum weight requirements. In particular, the material has to be
able to cope with centrifugal stresses along every operating point within the compressor map.

This imposes a limitation on the maximum rotational speed that the compressor can with-
stand. Therefore, important material proprieties, which allow to assess the compressor structural
feasibility, are: the ultimate yield stress (UYS) and the ultimate tensile stress (UTS). Moreover,
these material specifications are dramatically affected by the compressor operating tempera-
tures. In fact, UTS and UYS can drop more that 50% of their value at ambient temperature
when the material is exposed to a high temperature environment [132].

Therefore, a library of commonly employed materials has been created using data from
[45, 111, 132, 177], including major proprieties used for later feasibility calculations (Table
??). Depending on the compressor operating temperatures, the following materials have been
considered: ferritic stainless steel (AISI416 - Greek Ascoloy), precipitation hardening stainless
steel (17-4PH) and titanium based alloys (Ti-6Al-4V and Ti-6Al-2Sn-4Zr-6Mo) for low operating
gas temperatures, and, nickel-based alloys (INCO718) for higher temperature ranges.
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Table D.1: Compressor materials main parameters

Material ρ pkg{m3q E pGPaq Tmax p
˝Cq

AISI416 7800 200 750

17-4PH 8030 196 370

Ti-6Al-4V 4500 120 350

Ti-6Al-2Sn-4Zr-6Mo 4540 120 400

IN718 8220 208 580

where, ρ is the material density, E is the Young’s modulus and Tmax is the maximum
operating temperature. Important parameters such as UTS and UYS, are strongly function of
the operating temperatures and their values drops sharply at high temperatures [132]. Hence,
curves similar to Figure D.1 have been digitized and linearly interpolated to model the strength
reduction at the impeller exit due to contact with the hot gasses.

Figure D.1: Temperature effects on UTS and UYS for
typical compressor materials [132]

Uniform proprieties and identical materials have been assumed for disk and blades. The
library has been linked to the weight model as displayed in Figure 4.7 in the main document.

D.1.2 Disk and Blades

A considerable portion of the compressor overall weight has to be attributed to the contribution
of the rotating parts, since most of the stress concentration is there located. In particular, the
impeller element is subjected to multiple stress sources such as: centrifugal loads, vibration,
distortion at the blade attachment point, due to thermal and centrifugal loads, and, thermal
stresses within the blades [178]. In addition, blade tip bending stresses might become significant
for heavily backswept impellers [131, 132].

Because these considerations strongly affect the maximum attainable performance of the
compressor, it is common practice to integrate the aerodynamic design with the structural design
to ensure that feasibility in both domains is maintained. Hence, the final compressor weight is
resultant of an optimization tailored towards the maximization of compressor performance for
minimal mass [178].

At this stage, it is not possible to completely assess the stress level within disk and blades
when defining their volumes. However, simplified structural considerations can be made to verify
whether the geometry obtained from the aerodynamic module can be structurally sustainable.
Starting from these introductory considerations a disk and blade weight model has been built.
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This model has been integrated with the relations presented in section 2.4.2 to compute the full
compressor weight.

Stress Calculations

The compressor disk and blades weight assessment starts with an initial material definition.
Considering the typical compressor operating conditions given by NPSS in this project, the
titanium alloy Ti-6Al-4V has been preliminary selected as candidate material. According to
[178], this material offers good strength to weight ratios and it is an optimal solution for typical
centrifugal compressor applications.

Two structural checks are subsequently performed on the selected material to assess the
resultant impeller disk and blades design feasibility. Centrifugal stresses are calculated by means
of equation D.1, given in [131], which allows to estimate the impeller hub peak stress (σdisk) as
function of the angular velocity (ω) and the given material density (ρ).

σdisk “
Kdisk

3
ρω2r2

2 (D.1)

According to [131], the minimum value achievable of the constant Kdisk is 0.9. This value
can be reached after a careful design with finite elements analysis, which results in an impeller
smooth stress distribution. More typical values are between 1.5 and 2.0 for impellers with
straight backfaces. Theoretically, the maximum value of Kdisk possible is 3.0 for cases where
the hub bore radius is large with respect to the hub rim radius (thin hoop) [131].

Since centrifugal forces are the only source of stresses considered for the disk at this stage,
a value of 3.0 has been conservatively employed. The second source of stresses analyzed is the
blade bending stress that have been computed using equation D.2, reported in [132].

σblade “
ρω2r2b

2
2

t2hub
pthub ` 2ttipq sinβ2 (D.2)

Although normally blade bending forces are less meaningful than disk centrifugal stresses,
this contribution might become significant in the event of strongly backswept impellers. thub
and ttip are the blade hub and tip thickness that have to be assumed before performing the
calculations. Hale [84] suggests to employ a thickness of 0.076cm at the blade tip and to
calculate the hub thickness with equation D.3.

thub “
0.15p2πr1hq

ZB
(D.3)

However, the WATE-S model discussed in [84] has been developed for compressors having
core corrected mass flows between 0.23 and 4.54 kg/s. Considering the operating corrected
flow values of this analysis, it has been observed that a better approach to estimate the blade
thickness is needed. Reference [179] reports typical blade hub thickness trends as function of
the impeller exit radius. These data have been imported and interpolated for a more realistic
blade thickness estimation. The blade tip thickness has been calculated assuming a taper ratio
(thub{ttip) of 2.0 [178].

The calculated stresses have been compared with the UTS of the selected material, corrected
for the compressor exit temperature as discussed previously. If the calculated values exceeds the
material maximum stress, attempt will be made to find, among the available materials of the
library, one that can cope with the calculated σdisk and σblade. In the event that no material can
be found, the aerodynamic compressor design has to be refined and failure message will be sent
to the optimizer (Figure 4.7). On the other hand, for a successful design, the disk and blades
weight is calculated as shown below.
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Blades Weight Calculation

The weight of the blades can be calculated by means of equation D.6 once the material has
been established and the blade volume has been computed. Several simplifying assumptions are
necessary for a preliminary weight estimation. In particular, the flow path has been assumed to
be included between two ellipses [84] and a linear taper has been assumed between the blade tip
and hub with constant thickness along the blade length [178]. The blade hub and tip thickness
has been determined as previously discussed.

Hale [84] suggested to set the axial length to radial height ratio (DA{DR) to 2.0 (Figure
2.12). However, current compressor blade design practice involves the application of a circular-
arc technique to define the gas path [39]. For this design methodology, references [180, 181]
present a relation to calculate the radius of the meridional line (rm) that allows to better assess
the compressor axial length (Lax). This approach has been preferred here.

Lax “ rm `
1

2
b2 (D.4)

with

rm “
2r2 ´ pr1s ` r1hq

2 cos 4˝
(D.5)

With this assumption, the ratio DA{DR can be properly estimated, improving the origi-
nal assumption made in reference [84]. Subsequently, the blade volume (VBL) can be finally
computed and the blade weight estimated using equation D.6. Where, the coefficient KBL has
been introduced to account for the blade curvature not modeled with the presented technique.
The value has been set to 1.75 after calibration with the detailed compressor weight breakdown
available in [178].

WBL “ KBLpρVBLqZB (D.6)

Disk Weight Calculation

The calculation of the disk weight is much more complex and it is determined by a set of
simplifying assumptions made. The volume of the disk (VDK) can be roughly considered as the
the volume of the cylinder having as radius r2 and as height the impeller axial length (Lax),
minus the blade channel volume and the shaft volume. The first has been modeled as a quarter of
the torus having the ellipse generated by the blade channel, while, the second, with the cylinder
created by the shaft.

The disk weight has been calculated as: WDK “ KDKpρVDKq. As for the blades, the coefficient
KBL has been introduced to calibrate the disk weight model with the general trend defined in
reference [83]. A value of 1.45 has been set after this calibration was made.

D.2 Turbine Weight Model

The radial turbine weight estimation strongly resembles the compressor one, since the structure
of the rotor is almost identical to the impeller [83, 84]. The overall weight is given as the sum of:
blades, disk, shroud and rear frame weights. These lasts two terms have been computed with
the equations given in section 2.4.2, while, for the previous terms, a similar approach used for
the compressor has been developed.

As shown form the simple turbine weight relation given in [83] and reported as equation
2.48, the primarily weight difference between compressors and turbines is attributed to the
higher density materials used in this last components. Section D.2.1 initially discusses turbine
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material and structural considerations. Finally, differences with the compressor disk and blades
weight calculation procedure are explained in section D.2.2.

D.2.1 Material Considerations

The selection of turbine materials is far more complicated than the compressor case, due to the
more complex stress distribution associated to the far greater operating temperatures involved
[131, 132]. Typically, cobalt-based or nickel-based alloys are commonly selected for turbine
disks and blades, since they offer superior strength capabilities at high temperatures. However,
as indicated in [111, 132], different materials may be employed for disk, blades and nozzle,
depending on the stress and temperature involved.

Moreover, the simple theory used to preliminary assess compressors disk and blades stresses
cannot be comfortably applied to turbines [131, 132], which makes difficult to identify suitable
turbine materials at this early stage of the project. Hence, a general value of 7920kg/m3 has
been assumed for the turbine density (ρ), which is in agreement with the typical nickel-based
materials employed in turbine disks and wheels, as suggested in [84].

D.2.2 Disk and Blades

The procedure discussed for the calculation of the impeller blades and disk weight contributions
has been applied here for the rotor. The same value for the constants KBL and KDK has been
reasonably assumed here, considering that the weight difference with the compressor is almost
entirely given by the different material densities used [83, 84]. The only remaining difference in
the WATE-S model with the compressor weight calculations lies in the definition of the blade
flow channels.

Hale [84] suggests to employ an axial length to radial height ratio of 2.1, which slightly differs
from the compressor WATE-S model assumption. On the other hand, reference [41] calculates
the rotor axial length as function of the rotor inlet tip radius according to: Lax “ 0.7r2. Since
this approach has been employed in the turbine performance loss models, consistency has been
maintained in the weight model by calculating DA{DR, having Lax defined as recommended in
reference [41].

D.3 Shaft Weight Model

The shaft weight contribution is calculated following the procedure discussed in section 2.4.5.
The subsequent assumptions have been made to define the internal and external shaft diameters,
and the shaft length used in equations 2.59 and 2.60 to calculate the component weight:

(1) Since the shaft has to fit within the compressor and turbine disks, the maximum possible
external diameter (Do) is given by the smallest available impeller/rotor hub diameter,
determined from the component performance model. A 5% clearance has been assumed
between the disk hub and the shaft to ensure proper fitting of this last.

(2) Either the inner or outer shaft diameter has to be assumed, and the remaining quantity
is calculated from equation 2.59, ensuring structural integrity. The shaft inner diameter
(Di) has been initially assumed null, as suggested in [80], and iteratively modified to meet
the previous fitting condition.

(3) The shaft length (Lsh) has been determined from the sum of: compressors, combustor and
turbines axial length, augmented by an assumed 10% factor to account for combustor,
bearings and gearbox spacing [85].
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According to [111], the typically employed shaft material is the IN718, which has a density of
about 8220kg/m3, as reported in Table ??. This material has been assumed for the shaft weight
calculation. Since the shaft operating temperature is not available at this stage to determine the
maximum admissible shear stress (τ) needed for the component sizing, an average temperature
of 300˝C has been assumed for the estimation of τ , using data available in [132]. A safety factor
of 1.4 has been applied on the resultant τ , as indicated in [182].
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