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Abstract

Ammonia can become an attractive alternative fuel source on-board of ships, since it does not produce
SOx and carbon related emissions (including CO,, CO and soot) [1]. However, pure ammonia combus-
tion is too slow to drive an internal combustion engine (ICE), a promoter fuel such as hydrogen is needed
to speed up the combustion process. Since the SOFC can be used as a power generator and ammonia
cracker, an interesting proposal is to have a hybrid ICE-SOFC power generation system on-board ships.
A vast amount of papers concerning directly fueled ammonia SOFCs have been published throughout
the years. This concept has already been extensively modeled and successfully tested on large-scale.
On the other hand, not much is known about hydrogen-ammonia combustion inside an ICE. Although
the flammability behaviour and chemical kinetics during combustion have been widely investigated.
Publications concerning the in-cylinder combustion characteristics are scarce. Since there are already a
number of working ammonia fueled SOFC models in the literature, the thesis will be mostly emphasised
on the investigation of hydrogen-ammonia fueled internal combustion engines.

Conducted experiments on automotive sized engines have shown that hydrogen-ammonia combus-
tion during SI mode is possible, but not optimal because of the high auto-ignition resistance and low
flame propagation speed of ammonia. Hence, poor engine efficiencies, low power densities and large
amounts of unburned fuel are more likely to occur during spark ignition. Compression ignition on the
other hand is largely affected by great amounts of NOx production inside the flame zone. The NOx is pri-
marily produced from fuel-bound nitrogen, which can unlike the nitrogen (IV>) in air easily re-bond with
free oxygen during the combustion process. HCCI combustion is a promising candidate to overcome
these disadvantages (i.e. low power density and high NOx emissions).

In this thesis, four models have been developed for the in-cylinder analysis of hydrogen-ammonia
combustion inside internal combustion engines. Firstly, the in-cylinder combustion characteristics for a
range of fuel blends (31 to 47 vol. percent hydrogen) have been simulated in the in-cylinder model. The
modelling results showed that lower hydrogen concentrations will lead to a more spread out combus-
tion event, while the power output remained almost similar between these fuel blends. However, it has
been observed by Pochet et al. [2] that the reduction in hydrogen content will lead to lower maximum
temperatures, which will affect the combustion efficiency in case the maximum temperature is below
the minimum threshold of 1400 [K]. This maximum temperature threshold is an important requirement
because of the high auto-ignition resistance of ammonia fuel. Hence, the ammonia fraction should be as
high as possible while its maximum temperature during combustion has to stay above the temperature
threshold to ensure high combustion efficiencies.

Secondly, because of the absence of hydrogen-ammonia experiments on marine sized engines, the-
oretical engine scaling laws are the sole methods to obtain insight in the power output of larger sized
engines. The engine scaling model is based on relatively simple criteria, however, these scaling laws
have been observed to be the most effective when two conditions are met. First, the geometric similarity
have to be maximised, so that both engines have similar boundary conditions. Secondly, matching com-
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bustion characteristics are needed to achieve similarity in engine performances and emissions. Three
scaling laws have been proposed in the literature, the speed law (S Law) by Chikashisa et al. [3], lift-off
law (L Law) by Stager et al. [4] and the Pressure law (P Law) proposed by Bergin et al. [5]. However, in case
of HCCI combustion, most of the scaling parameters such as the spray penetration length, mixing spray,
fuel spray distribution, injection timing and many more become irrelevant and have to be neglected in
the modelling process. However, these scaling parameters are crucial for conventional diesel engines,
because of the limited mixing time (diffusion combustion) which is not the case for premixed combus-
tion strategies. From these scaling laws, the S Law has shown the closest resemblance in combustion
characteristics with the baseline engine, because of the identical timescale for the chemical reactions
between both engines.

However, matching the heat transfer losses between both engines is also a crucial requirement when
making the assumption of similar combustion characteristics. This assumption is necessary, since there
is no experimental data (i.e. pressure trace) available for the scaled engine. However, smaller engines
have in contrast to larger engines relatively greater surface to volume ratios. As a result, smaller engines
are subjected to proportionally larger convective heat transfer losses, which translates to a lower pres-
sure rise rate and peak cylinder pressure. In this respect, the scaling laws are more accurate for small
differences in bore ratios between the baseline and scaled engine. Hence, it is not recommended to scale
an automotive sized engine to a marine or truck sized variant, since this will affect the accuracy of the
scaled model as a result of the noticeable difference in combustion characteristics between both engines.
However, with the absence of hydrogen-ammonia experiments on marine sized engines, scaling laws are
the sole methods to obtain insight in the power output and fuel demand of larger sized engines. Accord-
ing to the single value principle, the amount of heat release should be proportional to the in-cylinder
volume (L3 1). The S Law, P Law and L Law have shown heat loss scaling factors of L[247 1257 gnd 1281
respectively, for a 47 vol. % hydrogen fuel blend. Hence, in order to use the S Law scaling method, heat
loss calibration is necessary to obtain identical heat losses per mg injected fuel between the baseline and
scaled engine. Decreasing the wall temperature has shown respectable results, however, this method re-
quires a thermal system management strategy, when applied on a real case scenario. In this respect, the
temperature of the cylinder wall that can be controlled by the cooling water has to be scaled accordingly
to ensure the same cumulative convective heat transfer loss per mg injected fuel for both engines. How-
ever, lowering the temperature for the heat loss calibration will result in less optimistic power output
than in reality for the scaled engine.

From the literature study, it became evident that HCCI engines have issues with auto-ignition con-
trol. Here, the inlet conditions are the decisive parameters in the location of the start of combustion
crank angle. Hence, a parametric study on the initial conditions is necessary to get a better understand-
ing which intake parameters have the greatest impact on the auto-ignition and how changes in the initial
conditions will affect the combustion characteristics. For the analysis, the modified knock integral model
(MKIM) and the Single-Wiebe function have been developed. Here, the MKIM function is necessary to
determine the shift in the start of combustion crank angle when adjusting the initial conditions. Then,
the Single-Wiebe model is used to determine the new mass fraction burn distribution for the simulation
of the in-cylinder combustion characteristics in the anti-causal version of the in-cylinder model from
Chapter 5.

Changes in the initial conditions have shown big impacts on the auto-ignition of HCCI engines and
could result in undesired early knock or misfire. Small fluctuations in the engine’s intake conditions
will be inevitable when the HCCI engine is integrated in an SOFC-ICE system design. Hence, with the

11 is the scaling factor based on the size of the engine bore (L = %).



current knowledge on HCCI engines, it can be concluded that hydrogen-ammonia HCCI combustion
is not optimal for an SOFC-ICE design. However, HCCI mode can become a reliable option in case its
whole operational area can be mapped and implemented into an automated ignition control system.
Changes in the initial conditions (i.e. inlet pressure, engine speed, equivalence ratio, fuel composition
and inlet temperature) will result in a shift in the auto-ignition crank angle. In this respect, the HCCI
engine should be able to anticipate whether the shift in the location of the start of combustion is within
its operational area. Otherwise, adjustments in the inlet temperature, injected fuel mass and fuel com-
position are necessary to stay outside the early knock and misfire region. Because of the relatively small
load-range of HCCI mode when fueled with hydrogen-ammonia, the engine should be able to switch to
SI mode, when the load condition cannot be satisfied. This so called 'Hybrid mode’ is an optimal way to
increase the load range of the engine. Here, the engine is operating in HCCI mode during low to medium
load and low engine speed conditions, while SI mode is activated during the cold start, idling and at
high engine speeds. However, the technical feasibility for this so called hybrid system has to be further
investigated.

All in all, hydrogen-ammonia combustion inside HCCI engines is a novel concept that requires lots
of large-scale experiments and simulation studies to find the most optimal engine geometry, operating
range and hydrogen concentration.
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Nomenclature

List of Abbreviations

CO, Carbon dioxide

H, Hydrogen

N, Nitrogen gas

N,O Nitrous oxide

NO, Nitrogen oxides

0, Oxygen gas

SOx Sulfur oxides

vol.% Percentage of total volume

wt.% Percentage of total weight

(1)) Zero dimensional

31H 31 vol.% hydrogen and 69 vol.% ammo-
nia fuel blend

38H 38 vol.% hydrogen and 62 vol.% ammo-
nia fuel blend

44H 44 vol.% hydrogen and 56 vol.% ammo-
nia fuel blend

47H 47 vol.% hydrogen and 53 vol.% ammo-
nia fuel blend

AFR Air to fuel ratio

aTDC After top dead center

BDC Bottom dead center

BD Burn duration

BOP Balance of plant

CAD Crank angle degree

CDC
CHP
CI
CN
CRR
DC
DIR
DME
EC
EGR
EM
EOC
EO
GAHRR
GB
GHG

HCCI

HEX
HFO
HHV
HRR

ICE

IC
IIR
IMEP
IMO
10
KIM

LHV

Conventional diesel combustion
Combined heat and power
Compression ignition

Cetane number

Combustion reaction rate
Direct current

Direct internal reformer
Dimethyl ether

Exhaust valve closed

Exhaust gas recirculation
Electric motor

End of combustion

Exhaust valve open

Gross apparent heat release rate
Gear box

Greenhouse gas emissions

Homogeneous compression charge ig-
nition

Heat exchanger

Heavy fuel oil

Higher heat value

Heat release rate

Internal combustion engine

Inlet valve closed

Intercooler

Indirect internal reformer
Indicated mean effective pressure
International Maritime Organization
Inlet valve open

Knock integral model

Lower heat value
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NOMENCLATURE

LNG
Max
MBT
MCR
MEP
mfb
MKIM
MVEFP
NAHRR
oCVv
PEMEFC

ppm
RCCI

RCO
rpm
SCC
SCR

St

SI

SOC
SOFC-H

SOFC-0

SOFC
SO1I
SSAS
TDC

TPB

Liquid natural gas

Maximum

Maximum brake torque
Maximum continuous rating
Mean effective pressure

Mass fraction burn

Modified knock integral model
Mean value first principle

Net apparent heat release rate
Open circuit voltage

Proton exchange membrane fuel cell
Parts per million

Reactivity controlled compression igni-
tion

Reaction coordinate

Revolutions per minute

Stress corrosion cracking

Selective catalytic reduction

Scaling factor

Spark ignition

Start of combustion

Proton conducting solid oxide fuel cell

Oxygen ion conducting solid oxide fuel
cell

Solid oxide fuel cell

Start of injection

Solid state ammonia synthesis
Top dead center

Triple phase boundary

List of symbols

a

Ey
Qcomb
Qioss
|44
Ncarnot
Tcomb
MNe

ni

Mm

Ntd

Cm

Cy

Heat transfer coefficient [W/m?2K]
Energy of fuel flow [kJ/s]
Combustion heat flow [kJ]/s]
Heat loss flow [k]/s]

Indicated work [k]J/s]

Carnot efficiency [—]
Combustion efficiency [—]
Effective efficiency [—]
Indicated efficiency [—]
Mechanical efficiency [—]
Thermodynamic efficiency [—]
air excess ratio [—]
Equivalence ratio [-]

Air/fuel ratio [—]

Ignition delay [CAD]

Burn duration [CAD]

Start of combustion [CAD]
MKIM empirical parameter [—]

Iso-volumetric pressure ratio Seiliger

(-]

Wiebe constant efficiency factor [—]
Iso-baric volume ratio in Seiliger [—]
MKIM empirical parameter [—]

Burn duration model empirical parame-
ter [—]

Iso-thermal volume ratio in Seiliger [—]
MKIM empirical parameter [—]

Mean piston speed [m/s]

Specific at constant pressure [k]/kgK]

heat at volume

Specific constant

[kJ/kgK]



Mair

mbf

Mg inj.

Ne

Burn duration model empirical parame-
ter [—]

Bore diameter [m]

Burn duration model empirical parame-
ter [—]

Activation energy [k]J]

Heat of vaporization [J]

Faraday’s constant [C/mol]

Gibbs free energy [J/mol]

Lower heat value [k]/kg]

Heat of formation at ref. temp. [kJ/kg]
Current [A]

Number of cylinders [—]

Indicated mean effective pressure [bar]
Scaling factor [—]

Stroke length [m]

Molar mass [—]

Exponent in Woschni heat transfer [—]
Wiebe constant form factor [—]

Fuel mass [kg]

Residual mass [kg]

Trapped mass [kg]

Air mass [kg]

Fuel burnt [mg]

Injected fuel mass [mg]

Engine speed [rpm]

MKIM empirical parameter [—]
Polytropic exponent [—]

Polytropic compression coefficient [—]

Polytropic expansion coefficient [—]

NOMENCLATURE
P Pressure [bar]
P; Indicated power [kW]
Pgrack Power output stack [kW]
Specific heat quantity [k]/kg]
R Gas constant [k]/kgK]
Te Effective compression ratio [—]
Te Effective expansion ratio [—]
Ry Universal gas constant [kJ/kmolK]
T Temperature [K]
u Internal energy [k]J]
ut Lower combustion value [k]/kg]
uref Heat of formation at ref. temp. [kJ/kg]
Uy Fuel utilization [—]
Electic potential [V]
Volume [m?]
Ve Ratio between the volume at IVC and
volume at a specific crank angle [-]
Vs Stroke volume [m®]
Xp Mass fraction burn [—]
Xy Mixture dilution fraction [—]
X; Internal residual gas mass fraction [—]
XH, Hydrogen molar fraction [—]
Xsg Mass fraction stoichiometric gas mix-
ture [—]
Subscripts
a air
c compression
comb combustion
cyl cylinder
d duration
dis displacement
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NOMENCLATURE

in

inj

effective
expansion

fuel

gas

indicated

into the system
injected
mechanical

maximum

min

g

td

vol

minimum

residual gas

stroke

stoichiometric combustion gas
trapped gas

thermodynamic

volumetric

wall
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Chapter 1

Background

1.1 Introduction

1.1.1 Forecasted carbon footprint reduction in the shipping industry

During the meeting in May 2018, the IMO has adopted a new strategy aiming for a reduction in total
marine greenhouse gas emissions (GHG) of at least 50% by 2050 compared to 2008 [36]. The maritime
industry has to face a major transition towards carbon neutral fuels in the upcoming decades. Liquid
natural gas (LNG) has been highly emphasized as one of the best alternatives to oil fuels, mainly because
of its lower emissions of sulphur (SOx), nitrogen (NOx) and carbon dioxide (CO,) [6]. Nonetheless, LNG
is a carbon based fuel, which can make it only a transitional fuel towards a fully carbon-free based future.

Units: EJ/yr

HFO/MGO
B LNG

Carbon-neutral fuels

I Electricity

2015 2020 2025 2030 2035 2040 2045 2050

Figure 1.1: Forecasted shipping energy mix (1 [EJ] equals 278 [TWh]) [6]

According to the latest model forecast by DNV-GL [6], the shipping energy will gradually shift to
carbon-neutral fuels, which is estimated to overtake the 34% share of liquid fossil fuel by 2050 as shown
in Figure 1.1. The term carbon-neutral refers to fuels with no carbon footprint or net GHG, such as
biofuels, hydrogen and ammonia, provided that the energy needed to create the fuel also does not emit
greenhouse gasses. Batteries have shown to be effective for small yachts and short-distance ferries. How-
ever, for medium- and long-distance vessels a different type of energy carrier is needed that is in line with
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the reduced carbon strategy adopted by IMO. Ammonia has shown to be a great candidate for medium-
distance, because of its high energy density in comparison to other carbon free alternatives, such as
liquid hydrogen and batteries as can be seen in Figure 1.2. However, the volumetric energy density of
ammonia is lower than that of carbon based fuels. As a matter of fact, ammonia requires approximately
3.3 times the volume compared to the same amount of energy stored in HFO [7]. This may be problem-
atic for ammonia fueled long-distance container vessels, which as a consequence have to refuel more
frequently than they do today, which may lead to more downtime and congested harbours.

100

80

® Propan

® Ftanol * NG

kWh/I

Ammonia

Volumetric energy density

o/ Batterig

00
kWh/kg

Gravimetric energy density @ SINTEF

Figure 1.2: Gravimetric and volumetric energy densities of various fuel types [7].

1.1.2 Ammonia as marine fuel

The good side of ammonia

The interest in ammonia as a potential fuel alternative has been increasing throughout the years. Am-
monia can be an attractive alternative fuel on-board of ships, since it does not produce SOx and carbon
related emissions (including CO,, CO and soot) [1]. Liquid ammonia can be easily stored under room
temperature at 10 [bar], which makes it excellent for storage and transportation. Unlike hydrogen, liq-
uid ammonia is non-explosive and has a low risk of fire [37]. Because of the odorless scent of hydrogen
and its high explosiveness when mixed with air, storage and transportation regulations are strict. This
increases the difficulty of building a fully operational hydrogen infrastructure across all harbors. In addi-
tion, ammonia is also excessively used in the commercial agricultural fertilizer industry, therefore the in-
frastructure for ammonia manufacturing and distribution have already been fully established. As shown
in Figure 1.3, the global annual production rate of ammonia has been steadily increasing throughout the
years. It has been projected that the ammonia market will grow approximately 3% in the upcoming 10
years, making it one of the conventional fuel sources in the future [38].
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Figure 1.3: Global annual ammonia production per country [8]

Nowadays, the hydrogen that is necessary for the ammonia synthesis is mostly produced from natu-
ral gas and other types of carbon based fuels, such as petroleum, coke or biomass. Nonetheless, a more
eco-friendly approach is to produce ammonia from clean or renewable electrical energy sources. This
reduces the total carbon footprint of ammonia to 0% at the cost of an increase in ammonia price [6].
Presently, the Haber-Bosch system is responsible for over 90% of the world ammonia production [39].
The Haber-Bosch synthesis loop as shown in Equation 1.1 combines the hydrogen and nitrogen into
ammonia.

Ny +3H), — 2NHj (1.1)

Recent developments have led to a more advanced and efficient method to produce ammonia from re-
newable energy sources. In this case the ammonia is directly produced from air and water, which elimi-
nates the Haber-Bosch synthesis loop and the need for an electrolyzer for the hydrogen production, thus
decreasing the power input necessary to operate the system [39]. This method is known as solid state
ammonia synthesis (SSAS), which uses a membrane to directly convert the nitrogen and water into am-
monia and oxygen as shown in Equation 1.2. Industrial sized application of SSAS presents a promising
and less expensive alternative for the ammonia production from renewable sources.

2N2+6H20—>4NH3+302 (1.2)

The application of ammonia as fuel source may also decrease the on-board fuel processing necessities,
which reduces installation costs and space requirements. In addition, since storing and transporting
large amounts of ammonia over long distances can easily be achieved, ammonia production facilities
near large remote solar- or wind farms can be an interesting option. In this respect, the produced energy
from the renewable sources can be used for the electrolysis of water into oxygen and hydrogen. The
hydrogen can then be used inside the Haber-Bosch Synloop for the production of ammonia as can be
seen in Figure 1.4.

The ugly side of ammonia

On the other side, ammonia has handling issues because of its corrosive nature, low pH value and high
acidity constant, which makes it toxic to the environment. Concentrations at 300 [ppm] can already have
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Figure 1.4: Different energy sources for the production of ammonia using the Haber-Bosch Synloop [9].

negative effects on the human’s respiration system and concentrations above 5000 [ppm] have shown to
be lethal for humans [40]. Hence, the areas near the ammonia storage tanks should be well-ventilated
and great care has to be taken to minimise leakage. In addition, ammonia cannot come in direct contact
with plastics and metals such as brass, copper and zinc alloys, therefore, suitable materials such as stain-
less steel and Teflon have to be used for the storage compartment [19]. Presently, ammonia is commonly
stored in metal ammines or diluted in water [41]. However, stress corrosion cracking (SCC) inside metal
ammines can occasionally occur, therefore, periodic examinations of these tanks are a necessity in order
to minimise the probability of system failures [42].

1.1.3 Solid oxide fuel cell and internal combustion engine system layout

As mentioned in the introduction, the application of ammonia as a marine fuel is a novel concept, which
is still under research. Since pure ammonia combustion is too slow to drive an internal combustion
engine (ICE), a promoter fuel is needed to speed up the combustion process [14]. Alternatively, ammonia
powered solid oxide fuel cells (SOFC) are a great way to generate on-board power [43]. However, similar
to the pure ammonia combustion in an ICE, both of the concepts cannot cope with typical transient
power requirements on board of ships. Thus, an ICE with a promoter fuel seems to be the best approach
for the on-board propulsion system [14].

An interesting proposal by the the Delft University of Technology is to have a hybrid ammonia fueled
SOFC-ICE power generation system on-board ships as shown in Figure 1.5. This combination of a hybrid
power generation system has already been on the market for gas drive, which can raise the total power
efficiency by approximately 10%, when compared with an SOFC only setup [10]. In case of the ammonia
fueled SOFC-ICE layout, the SOFC can be used for the auxiliary power demand and for the cracking
of ammonia, while the ICE is used to satisfy the on-board propulsion demand. On-board cracking of
ammonia requires heat and as a result reduces the overall power generation efficiency. However, the
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overall losses can be minimized when the heat necessary for the ammonia cracking is utilized from the
waste heat produced by the SOFC. In this way, the leftover hydrogen'from the SOFC can be used as the
promoter fuel for the ICE, which can theoretically increase the overall efficiency of the system design in
comparison to an ICE or SOFC only design.

The addition of small quantities of hydrogen to the ammonia fueled ICE has shown stability and
performance improvements, especially during the early combustion stages [19]. Ammonia also has a
high hydrogen content of 17.7 wt.% [44]. All in all, the ammonia fueled SOFC-ICE combination as shown
in Figure 1.5 makes it for the shipowner possible to only refuel the ammonia, since the hydrogen can be
obtained from the SOFC’s anode-off gas.

@

Ammonia

—HOOOOM ]
SOFC Air
-
E ICE carbon-free &
& SCR — pollutant-free
EM Exhaust gas exhaust gas
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Propulsion Aux Mission

Figure 1.5: Preliminary system design proposed by Dr.ir. Peter de Vos of an ammonia fueled SOFC-ICE
combination.

1.2 Introduction literature study

To get a quick impression whether the proposed ammonia fueled SOFC-ICE combination could be prac-
tical, both the SOFC and ICE components have been separately reviewed. The primary purpose of the
literature study is to acquire comprehensive knowledge concerning the ICE and SOFC characteristics,
when fueled with ammonia. In addition, the literature review will also give a concise overview of the
recent technological innovations, which may improve the preliminary system design described in Sec-
tion 1.1.4. These interesting technological developments including proton conducting SOFCs and RCCI
engines are still novel concepts, but can be interesting alternatives to the conventional oxygen ion con-
ducting SOFCs and engines in the near future. All in all, the literature review of the hydrogen-ammonia
fueled ICE and ammonia fueled SOFC is the first step in the exploration of the practicality of the ammo-
nia fueled SOFC-ICE concept design.

1The concentration leftover hydrogen fuel leaving the anode of the SOFC is usually between 10-20% depending on the fuel
utilization factor (U f) [10].

BACKGROUND
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1.3 Research objectives

The literature study gave us an indication what we can expect when we run the ammonia fueled SOFC
and hydrogen-ammonia fueled ICE independently as single systems. A vast amount of papers concern-
ing directly fueled ammonia SOFCs have been published throughout the years. This concept has already
been extensively modeled and successfully tested on large-scale. On the other hand, not much is known
about hydrogen-ammonia combustion inside an ICE. Although the flammability behaviour and chemi-
cal kinetics during combustion have been widely investigated. Publications concerning the in-cylinder
combustion characteristics are scarce. To make it worse, the conducted experiments are all based on
automotive engines. The novelty of the hydrogen-ammonia fueled ICE concept has led to the following
main question:

What is the impact of hydrogen-ammonia combustion on the performance of a marine-sized engine
in relation to ammonia fueled SOFC-ICE system design, and how to quantify the operation of the
hydrogen-ammonia engine to investigate energy efficiency, engine scaling, and engine performance?

The main question is then split in several sub questions that are formulated as follows:
Sub question 1: Which ignition method is preferred for hydrogen-ammonia combustion?

Several ignition methods are on the market, for which each of them have their own advantages and disad-
vantages.

Sub question 2: How will engine scaling impact the combustion characteristics and which scaling law is
the most suitable when considering the hydrogen-ammonia fueled HCCI test engine?

This question becomes relevant since there are only hydrogen-ammonia based experiments on automotive
sized engines in the literature. This thesis uses the engine experiments conducted by Pochet et al. [23].

Sub question 3: How will changes in the engine’s intake conditions affect the start of combustion and
the performance when considering hydrogen-ammonia fueled HCCI engines?

Changes in the initial conditions heavily influence the location of the start of combustion crank angle
during HCCI mode and might lead to undesired early knock or misfire. For this question, the magnitude
of the change in combustion characteristics are being investigated when altering the intake conditions.

Sub question 4: What should be the preferred hydrogen-ammonia fuel blend ratio for HCCI
combustion?

The effects of the hydrogen concentration on the combustion characteristics are being investigated.

Sub question 5: What should be the expected indicated power output and the fuel flow for a
hydrogen-ammonia fueled marine sized HCCI engine?

Because of the absence of hydrogen-ammonia experiments on marine sized engines, theoretical engine
scaling methods are used to investigate what engine performances can be expected for larger sized engines.

Sub question 6: What are the major technical limitations in the SOFC-ICE system when the engine is
running in HCCI mode and how can these problems be mitigated?

Since auto-ignition for HCCI engines is largely dictated by the initial conditions, some system design con-
siderations are being suggested to enhance the workability and flexibility in the SOFC-ICE design.
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1.4 Research scope

The application of hydrogen as an ammonia fuel promoter is still in its early development phase. Other
investigated fuel promoters applicable for internal combustion engines, such as dimethyl ether (by Gross
et al. [45]), gasoline (by Grannell et al. [46]) and diesel (by Reiter et al. [47]) all showed promising com-
bustion characteristics when mixed with ammonia. However, in this thesis only the promoter hydrogen
will be investigated. There are a few reasons for this. Firstly, hydrogen is readily available when cracking
ammonia on-board of the vessel. Other mentioned promoters on the other hand need their own storage,
which increases the complexity of the system layout in contrast to having only one fuel type on-board. In
addition, the generated heat from the SOFC can be conveniently used for the ammonia cracking process.
Hence, when using a different fuel promoter, the usefulness of the proposed combination falls apart. At
last, the fuel promoters except hydrogen are all carbon based, meaning that CO, will be produced dur-
ing combustion. What makes the novel ammonia fueled SOFC-ICE system design proposal unique is the
possibility to become completely carbon free.

At last, the thesis will be emphasised on the in-cylinder modeling of hydrogen-ammonia combus-
tion. Publications concerning this topic are scarce and the conducted experiments and modeling are all
based on automotive sized engines. Because of the large scope of the project and the limited amount of
time, dynamic engine simulations and the modeling of the complete SOFC-ICE design will not be part
of the scope. In addition, research on the NOx concentrations will also not be part of the scope, since
this study requires a detailed analysis of the oxidation pathways and chemical kinetics modeling, which
is not related to in-cylinder modelling.

1.5 Thesis layout

The first part of the report contains the literature review. A concise overview of the performed study on
ammonia fueled SOFCs and hydrogen-ammonia fueled ICEs can be found in Chapters 2 and 3, respec-
tively. Chapter 4 gives a summary of the conclusions from the literature study and also contains the
project definition. The second part of the thesis starts with Chapter 5, which contains the development
of the hydrogen-ammonia fueled in-cylinder model. Next, engine scaling modeling that is necessary
since the available data for hydrogen-ammonia HCCI engines are based on automotive sized engines
and not marine sized engines is described in Chapter 6. Chapter 7 describes the MKIM and Wiebe mod-
els that were necessary for the parametric study on the initial conditions. From the parametric study it
became evident that the performance of the HCCI engine is highly influenced by the intake conditions
and will therefore show performance issues when it is integrated in an SOFC-ICE system. In Chapter 8,
additional system design considerations are discussed that are able to mitigate these large fluctuations in
the HCCI engine’s intake conditions. At last, the final conclusions and recommendations are discussed
in Chapter 9. An overview of the outline of the thesis and the connections of the chapters to the research
objectives can be found in Figure 1.6.
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Chapter 2

Ammonia driven SOFC

2.1 Chapter overview

Solid oxide fuel cells have been an interesting alternative to nowadays main prime movers in an effort to
reduce the GHG emissions on-board of ships. Developments in proton conducting SOFCs are increas-
ing at a faster pace, due to its higher theoretical efficiency in contrast to traditional oxygen conducting
SOFCs. This together with the basic working principles of SOFCs will be shortly introduced in Section
2.2.

As mentioned in Chapter 1, ammonia can be directly fueled into the SOFC. In Section 2.3, the en-
dothermic cracking reaction including several commonly used catalysts for the ammonia conversion will
be briefly discussed. The electrochemistry of an SOFC-O and SOFC-H design will be briefly discussed
in Section 2.4. Since the endothermic cracking reaction at the anode will affect the performance of the
SOFC, a comparison will be made in Section 2.5 in terms of system losses when using pure ammonia
and pure hydrogen as fuel.

2.2 Working principles of an SOFC

A solid oxide fuel cell converts chemical energy into electrical energy by oxidizing the hydrogen molecules
into water as illustrated in Figure 2.1. Fuel and air are supplied to the anode and cathode, respectively.
An SOFC consists of five layers: the cathode, anode, two interconnecting plates on the outside and a
solid electrolyte in the middle.

The oxidation of ammonia fuel in an oxide-ion-conducting solid oxide fuel cell (SOFC-O) can be
regarded as a two-stage process in which the cracking of ammonia happens initially, followed by the
electro-chemical oxidation of the produced hydrogen to water at the anode [48]. The overall chemical
reactions for ammonia fueled SOFCs can be written as [49]:

NH3 +0.75A4(02 + 3.67N,) = (1-U)-NH3 +1.5U - HbO + 0.75(A - U) - O, + (2.824 + 0.5U) - N,  (2.1)

Where A is the air excess ratio and U the fuel utilization factor, which can be regarded as:

= Massof NHsz reacted in cell
"~ Massof NHz input to cell

(2.2)

The conducted experiments by Stoeckl et al. [50] showed no voltage degradation during a 100 hour
operating time of the ammonia fueled SOFC at a fuel utilization factor of 80%. The author also observed
greater internal resistances and a reduction in the performance of the ammonia fueled SOFC stack, when

AMMONIA DRIVEN SOFC
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Figure 2.1: The anode and cathode reactions with hydrogen as fuel [10].

further lowering the fuel utilization factor. Hence, the fuel utilization factor should preferably be around
80% for optimal performances.

A simplified version of the exergy flow diagram for both an SOFC and PEMFC are shown in Figure
2.2. It can be seen that the thermo-mechanical exergy outflow of an SOFC is far greater than that of a
low temperature PEMFC. The exhaust gases of the SOFC can be directed to a turbine to generate more
electric energy or it could be used for the on-board central heating. This makes high temperature fuel
cells very suitable for the application of a combined heat and power (CHP) configuration. SOFCs with
an afterburner can achieve efficiencies up to 80% when heat recovery is applied [10].

exergy flow diagram SOFC stack exergy flow diagram PEMFC stack
{% of input) (% of input)
chemical thermo-mech:. chemical thermo-mech.
ww exergy exergy
47.04% 52 96% 95.73% 4.27%
exergy 10ss ” exergy loss
SOFC 3.0% 25.89%
20.66%
™ 68.57%
electricity “\ thermo-mech. electricity chemical thermo-mech.
chemical  exergy exergy exergy
exergy 20.76% 9.86%

T77%

Figure 2.2: Simplified Grassman diagrams of an SOFC and PEM type fuel cell [10].
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2.2.1 Direct- (DIR) or indirect (IIR) internal reforming of ammonia

Internal reforming of ammonia in an SOFC can be performed in two different ways, direct- (DIR) or
indirect (IIR) internal reforming. For IIR, the reformer is in thermal contact with the anode channel,
but it is separated from the fuel cell [10]. IIR has the advantage that the reformer does not influence
the reaction process inside the anode, which could be beneficial when the catalyst inside the reformer
is poison to the oxidation reaction happening inside the fuel cell. However, this is less the case for high
temperature fuel cells including the SOFC [10].

When fuel reforming takes place inside the anode of an SOFC-O, we are talking about a DIR con-
figuration. SOFC stacks are commonly cooled by high air flow rates through the cathode. However, in
case of DIR, a smaller airflow is needed because of the endothermic cracking reaction of ammonia. This
decreases the energy consumption necessary for maintaining the air stream, resulting in a higher system
efficiency [48]. When operating in counter-flow, lower ohmic and diffusion resistances were measured
in comparison to co-flow [48]. Nonetheless, the benefits of operating in co-flow is the absence of dan-
gerous hot spots and the easy monitoring of temperature gradients. Co-flow is currently receiving a lot of
attention, mainly since the benefits are more favorable than the slight decrease in resistance of counter-
flow.

2.2.2 Differences between an SOFC-0 and SOFC-H

The SOFC-H is characterized by its proton conducting electrolyte-based configuration, while the SOFC-
O uses oxygen ion as conductor. Another noticeable difference between those two designs is the absence
of water in the output of the SOFC-H anode, since those molecules are formed inside the cathode. This is
beneficial, since the fuel inside the anode cannot be diluted by the water vapor generated by the electro-
chemical reaction [11].
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Figure 2.3: Schematic representation of direct ammonia-fed (a) SOFC-O and (b) SOFC-H [11].

Experimental studies have shown lower cell performance for SOFC-H fuel cells in comparison to
SOFC-0. Nonetheless, in terms of theoretical modeling, higher peak power densities and open circuit
voltages were predicted for SOFC-H, which contradicts the experimental results [11]. The lower SOFC-H
performance could be explained by the dilution of hydrogen in nitrogen at the anode, which is usually
neglected in the theoretical analysis [51]. At medium operating temperature of 600 [°C] and fuel utiliza-
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tion (U) of 0.85, a 6% higher theoretical overall energy efficiencies were observed for proton conducting
solid oxide fuel cells (SOFC-H) [49]. The higher CHP efficiency (82% in comparison to 76% for SOFC-0)
can be explained by the difference in ion transport direction, which resulted in a lower anode concen-
tration overpotential in contrast to the SOFC-O. For both configurations it has been observed that the
theoretical efficiency increases when decreasing the operating temperature. This supports the endeavor
for intermediate temperature ammonia fueled SOFC rather than high operating temperatures as stated
by the author in [49].

Oxygen conducting SOFCs have been the main focus point in the last couple of decades. According
to the recent published paper (2019) by Mojaver et al. [52], an SOFC-O configuration is still highly fa-
vored over SOFC-H. He concluded that the SOFC-O configuration in his experiment has shown better
performances in terms of overall voltage losses and exergy losses for his set of experiments. A reason for
this is the high ohmic overpotential caused by the low proton conductivity of existing proton conducting
membranes. A suitable membrane that has a high conductivity and long-term stability has still yet to be
discovered [53]. All in all, the above mentioned issues together with the slightly higher overall cost have
made proton conducting SOFCs not very popular.

The scarcity of available research papers on SOFC-H stacks does not necessarily mean that the con-
cept is completely irrelevant. Oxygen conducting SOFCs typically require high operating temperatures
to improve the ion conductance of the electrolyte. This affects the durability of the materials inside
the stack. Therefore, low to medium temperature SOFCs can still play a part in the near future. How-
ever, more research is needed to improve the system efficiency and effectiveness on proton conducting
SOFCs. The ohmic overpotential can be improved by the use of thinner and higher conductive proton
electrolyte materials [54].

2.2.3 Tubular and planar fuel cell configurations

From the two configurations, the planar design is the most popular one. In contrary to a tubular design, it
enables a far more superior power density and stack performance, mainly due to the lower ohmic losses.
A downside, however, is the extra care that has to be taken in keeping the stacks gas tight. This is less
the case for a tubular design, since the fuel flows along the outside of the tube and air is fed through
the inside. In addition, the sealing of a planar arrangement that is usually made of brittle glass has to
withstand thermal stresses. Hence, faster degradation of the stack can be expected when increasing the
temperature inside the fuel cell, [10].

2.3 Cracking of ammonia

The dissociation reaction (cracking) of ammonia in an SOFC happens in the presence of usually an in-
expensive metal-based catalyst, such as iron (Fe,Os3), copper, cobalt or a nickel-based compound. For
the reaction to work at a satisfactory rate, ammonia has to be heated to high temperatures, typically be-
tween 600 and 800 [°C]. This commonly depends on the type of catalyst, a nickel-based compound. for
instance, requires a higher operating temperature compared to a stainless steel alloy [42]. Higher oper-
ating temperatures often require good insulation of the fuel cell, which increases the weight of the SOFC
and it will also make it more difficult to crack ammonia during a cold start [42].

2.3.1 Ammonia conversion catalysts

Nickel is a widely used catalyst inside SOFCs, because of its high electronic conductivity and stability
under chemically reducing conditions [10]. In addition, nickel also works as a catalyst for the ammonia
conversion to hydrogen and can be used as the internal reforming catalyst for ammonia fueled SOFCs.
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According to Molouk et al. [55], the cracking of ammonia in the presence of a nickel-based catalyst occurs
in three steps. The absorption of ammonia on the catalyst, followed by the cleavage of the NH bond
of the absorbed ammonia and finally the desorbing of N, molecules from the catalyst. Metal cermet
anodes based on nickel/zirconia can beneficially increase the surface area of the catalyst [56], resulting
in a higher cracking rate.

By incorporating an additional sub-catalyst to nickel, the performance at lower temperatures can be
even further enhanced. Various promising metals have already been studied as a sub-catalyst to nickel.
As can be seen in Figure 2.4, a ruthenium-nickel based catalyst shows the best performance for various
reactor temperatures. Nonetheless, if we take the scarcity of noble metals into consideration, platinum,
ruthenium and palladium may not be the best option. Cheaper metals, for instance nickel only or nickel
aluminium-oxide based catalyst can also achieve high activity at the cost of a high working temperature.
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Figure 2.4: Conversion rate of ammonia as a function of reactor temperature for different catalysts [12].

A temperature range between 800 and 1100 [°C] is needed inside an SOFC-O stack for zirconia (cer-
met), the oxygen ion conductor (inside the electrolyte) to work properly [10]. At these temperatures, a
nickel catalyst would give an ammonia conversion rate close to 100% as shown in Figure 2.4. It has al-
ready been experimentally demonstrated that such temperatures allow for almost complete decompo-
sition of ammonia, resulting in more or less approachable performances to that of hydrogen-fed SOFCs
[11]. Nonetheless, the efficiency is always lower, since the created nitrogen gas at the anode can dilute
the hydrogen concentration. which will result in a reduction of the reversible cell potential [11].

However, since this thesis is considering the ICE for propulsion and the SOFC mainly to power the
auxiliary systems (as mentioned in Section 1.1.3), the power output requirement will most likely be
higher for the ICE. For this configuration, an additional indirect pre-reformer to the ICE may be nec-
essary, if the hydrogen supply from the anode-off gas is not sufficient enough. In this case a low working
temperature catalyst inside the extra indirect pre-reformer can result in higher efficiencies, if the heat
can be acquired from the SOFC’s waste heat with the help of heat exchangers. New developments in
economical low-temperature based catalysts are still going on. In 2018, Gencell a company specialised
in fuel cells published a paper about the use of a new nano material-based catalyst, which allows the
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endothermic cracking process to happen satisfactorily at temperatures below 500 [°C] [57]. This will
make the cracking reaction more cost efficient for intermediate temperature SOFCs, without the use of
expensive metal alloys.

2.3.2 Endothermic reaction

The decomposition of ammonia into hydrogen and nitrogen molecules is an endothermic reaction,
meaning that energy is needed to start the process.

1 3
NH3 — ENZ + EHZ (2.3)

Besides the dissociation reaction (A H = +46.4 KJ mol™'), heating of ammonia to the working temper-

ature of the catalyst (AH = +29.1 KJ mol™1) for an 800 [°C] rise and the phase change of liquid to gas
(AH = +23.3 K] mol™') are also absorbing energy from the fuel cell 22.

NH;3(l) - NH3(g) (2.4)

The cracking of ammonia results in the production of 1.5 moles of hydrogen, for which we consider the
molar enthalpy of formation to be the higher heat value (HHV of —285.84 KJ mol ~1). This will result
in an upper limit efficiency of 0.77, when taking the endothermic losses into consideration [10]. This
upper limit means that the maximum overall efficiency of the system is limited to 0.77 because of the
endothermic losses from the ammonia cracking.

(285.84-1.5) — (46.4+29.1+23.3)
285.84-1.5 B

The upper limit efficiency does not take the heat losses to the surroundings into consideration.

Nupper limit = 0.77 (2.5)

2.3.3 Conversion rate ammonia cracking

In reality, some ammonia decomposes spontaneously at temperatures over 573 [K], even without the
presence of a catalyst [58]. Besides the characteristics of the catalyst, the conversion rate also depends
on the temperature and the pressure inside the anode part of the fuel cell. An increase in temperature or
a decrease in pressure both contribute to a higher equilibrium conversion of ammonia. The ammonia
cracking rate is also slower at lower temperatures, because of the rise in electrode polarization resistance
of the fuel cell [13].

In addition, according to Stoeckl et al. [48], increasing the ammonia flow rate also negatively impacts
the ammonia conversion rate. As can be seen in Figure 2.5, a higher temperature is necessary when in-
creasing the ammonia flow. The author’s experiments have been conducted on a large planar SOFC-MEA
with Ni/YSZ anodes for various types of flow rates and furnace temperatures. A temporarily increase in
the ammonia flow rate will reduce the temperature inside the anode, since more energy is needed to fuel
the endothermic cracking reaction, which causes a decrease in the conversion rate of ammonia. This ad-
ditional decrease in operating temperature has been found to significantly increase the ohmic resistance
of the cell. From the conducted experiments, it has been observed that the decrease in temperature was
the most pronounced at the anode inlet region. This may indicate that the majority of the ammonia
decomposition happens at the fuel inlet of the fuel cell [48].

Undecomposed ammonia molecules can be adsorbed on the anode surface, which severely block
the mass transfer process. This causes abnormal behaviour, just like the mass transfer polarization that
occurs at high current densities [59]. It is therefore highly recommended to adjust the ammonia flow
rate to fit the cell situation instead of (dynamically) optimising the flow rate to match the (transient)
hydrogen requirement for the ICE [54].
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Figure 2.5: Reactor temperature as function of the ammonia flow rate for a conversion rate of 99.99%
(Ni/Ru based catalyst) [12].

2.4 FElectrochemistry

The theoretical value of the open circuit voltage (OCV) can be written as:

AG
Eocv = ey (2.6)

Where n is the number of electrons involved per electrochemical reaction and is equal to 2 for an SOFC-
O fuel cell. F is the Faraday constant and AG is the change in Gibbs free energy, which can be calculated
as:

AG=AH-Ty-AS (2.7)

The equilibrium potential is also affected by the partial pressure of the species involved in the electro-
chemical reaction [11]. This can be expressed as the Nernst voltage, which is the reversible cell voltage
that would exist at a given pressure and temperature.

AG RT, [PyllPo,1%°
E _o=——+—In(—— 2.8
Nernst,SOFC-0 F T F Prol ) (2.8)

E _ AG N RTln( [Pp,0] ) 2.9)
Nernst,SOFC—-H — nF nF [PHZ][POZ]O'S .

The Nernst equation can also be written in mole fractions at the anode and cathode side, resulting in:

AG RT. [ymllyo,1%d

ENernst.SOFC-0 = — —— + —— (L2100~ (P yo5, 2.10)
nF nF [ym,0] Po

or

AG RT [y, 0] P o5
E _g=——+—In(——————=(—)").

Nernst,SOFC-H = =~ +—% n( 0,105 po )

The voltage as function of the current density of a high temperature fuel cell as shown in Figure 2.6 has

its own characteristic shape from four major irreversibilities [10]:

(2.11)

1. Activation losses, a highly non-linear voltage drop caused by the slowness of the reactions taking
place on the surface of the electrodes. A proportion of the voltage generated is lost in driving
the chemical reaction that transfers the electrons to or from the electrode. The voltage drop can
be determined by the equation AV, = A-1 n(%), where the parameters A and b are constants
depending on the cell and electrode condition.
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2. Fuel crossover and internal currents. This type of energy loss results from the waste of fuel pass-
ing through the electrolyte and from electron conduction through the electrolyte. The electrolyte
should only transport ions through the cell. However, a certain amount of fuel diffusion and elec-
tron flow will always be possible.

3. Ohmic losses, which are linearly proportional to the current density. This voltage drop is the
straightforward resistance to the flow of electrons through the material of the electrodes and the
various interconnections, as well as the resistance to the flow of ions through the electrolyte. The
voltage drop becomes AV,;,, = i-r, where i is the current density and r the area specific resis-
tance.

4. Mass transport or concentration losses. These result from the change in concentration of the
reactants at the surface of the electrodes as the fuel is used. In an ammonia fed SOFC, the con-
centration overpotentials can be expressed in terms of the gas concentration difference between
the electrode surface and the electrode-electrolyte interface [11]. This results in the equation
AVione. = —%l n(l - %) for the concentration or mass transport voltage drop. i; is the limiting
current density at which the fuel is used up at a rate equal to its maximum supply speed [10]. This
means that i cannot be greater than i; because the fuel gas cannot be supplied at a greater rate.

When including the irreversibilities, the equation for the operating voltage of an SOFC can be written as:
Veell = Enernst = AVeone. = AVact. = AVopm. (2.12)

For practical reasons the equation is often simplified to [10]:
; i
Veell = ENernst +m-e" —A-ln(z)—ir (2.13)

Where Enernst is the open circuit voltage. The parameters m and n are the constants in the mass-transfer
overvoltage depending on the characteristics of fuel cell. Parameter A is also a constant, which value
depends on the cell and electrode conditions. However, this simplification is an empirical equation, but
it has been proven to give comparable results when compared to the data from real solid oxide fuel cells
[10].

The voltage output of one cell is usually below the value required by machines. Higher system volt-
ages (V) and amperes (I) can be generated, by interconnecting the cells in series or in parallel respec-
tively. This principle, known as stacking is used to raise the output power of the fuel cell. The calculation
for the amperes of a cell can be found in Equation 2.15

Ice” = leZ,reucted 2 E (214)

The total SOFC power output is determined by multiplying the power of a single cell with the total
number of cells in the stack:
Pstack = Neells Veell - Lcell (2.15)

2.5 Comparison between pure ammonia and hydrogen as fuel

A few studies have been performed on the cell performance of an SOFC using ammonia as direct fuel
instead of pure hydrogen. From Ma et al. [13] it should be noted that in the case of ammonia or pure hy-
drogen fueled SOFCs, similar internal resistances of the cell in particular at temperatures above 800 [°C]
were observed [10]. However, when operating the fuel cell at lower temperatures (below 700 [°C]), a slight
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Figure 2.6: Voltage as a function of the current density of a typical air pressure fuel cell operating at 800
[°C] [10].

difference in interfacial polarization occurred as shown in Figure 2.7a. This can be largely explained by
the slower hydrogen formation at that temperature, resulting in an increase in activation polarization re-
sistance [13]. Ma also investigated the performance of directly fueled ammonia and hydrogen SOFCs at
medium temperatures (550 - 600 [°C]). Lower efficiencies were observed for ammonia fueled SOFCs due
to the incomplete cracking reaction. From another experimental study conducted by Fuerte et al [60],
the power density of ammonia also showed slightly lower values in comparison to pure hydrogen. Ac-
cording to the author, the lower power output can be attributed to the lower partial pressure of hydrogen
when the cell is operated with ammonia.
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Figure 2.7: (a) Comparisons of total resistance between the cell fueled by hydrogen (hollow symbols) or
ammonia (solid symbols) under open-current conditions at different temperatures. (b) Comparison of
power density (hollow symbols) and cell voltage (solid symbols) as a function of current density between
ammonia and hydrogen [13].
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Chapter 3

Hydrogen-ammonia driven ICE

3.1 Chapter overview

Internal combustion engines have been the prime movers on-board of ships in the last couple of decades.
With the upcoming decarbonisation in the shipping industry, the search for new power sources have
become more important than ever. At the current stage of technological development, the ICE concept
is still highly favored because of its high power density and transient-load capability. However, there can
still be a future for internal combustion engines in case the present fossil fuels can be replaced by carbon
neutral fuels such as hydrogen-ammonia.

Chapter 2 gives a concise introduction to the characteristics of hydrogen-ammonia combustion in-
side an ICE. First, the basic principles of hydrogen-ammonia combustion are described in Section 3.2.
There are many different ways to ignite the fuel during combustion. Section 3.3 summarizes the two
most prominent ignition methods, compression and spark ignition. RCCI and HCCI are novel compres-
sion ignition methods, which will be discussed for hydrogen-ammonia combustion. In Section 3.4 two
different injection methods (direct and port injection) will be briefly discussed. At last, the influences of
the hydrogen-ammonia ratio, equivalence ratio, compression ratio and the spark timing on the engine
performance will be further elaborated in the Sections 3.5 to 3.8, respectively.

3.2 Basic principles of IC engines

By burning the hydrogen-ammonia mixture inside the internal combustion engine, chemical energy will
be transformed into mechanical energy. In order to do this, compressed air is blown into the engine
cylinder before combustion. In case of marine sized diesel engines, liquid fuel is injected into the cylin-
der which vaporizes, forming a combustible mixture that ignites after a small delay [61]. The created
heat is then transferred by convection and radiation to the surroundings. This results in an expansion
of the mixture inside the combustion chamber which creates a direct force moving the piston up and
down. Because of the low flame speed during combustion, hydrogen-ammonia as a fuel is more suitable
for low speed two-stroke engines [62]. Furthermore, ammonia combustion is suitable in supercharged
conditions, meaning that a turbocharger can be used to compress the inlet air for both the SI and CI
configurations [19]. In addition, the high specific heat capacity of ammonia could beneficially reduce
the combustion temperature inside the combustion chamber, resulting in lower power required to cool
the system. Zamfirescu and Dincer et al. [58] proposed to use the ammonia fuel simultaneously as re-
frigerant for cooling effect. Their results showed that the cooling system can be downsized with up to
20% when using ammonia.

However, the use of pure ammonia has some major drawbacks, because of its low flame speed,
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flammability and high auto-ignition temperature (650 [°C]). The heat of combustion and the laminar
burning velocity are also much lower in comparison to methane and propane fuels as can be seen in
Figure 3.1. Because of the low propagation speed of ammonia, poor combustion rates can be expected.
This most likely results in inconsistent combustion under high engine speeds and low engine loads [14].
Moreover, because of its narrow flammability limit and low flame speed, high concentrations of ammo-
nia can be found in the exhaust gas due to incomplete combustion. As a result, ammonia fueled ICEs
must, therefore, feature compression ratios in the range of 40:1 to 100:1, which is more than four times
higher than in conventional ICEs [63]. This makes pure ammonia combustion not economically suitable
as the primary source of fuel and has subsequently not been pursued as a fuel for combustion systems
[14].

A promoter fuel is therefore necessary to overcome the poor combustion characteristics of ammo-
nia [1]. It has been observed that conventional ICEs can be fueled with ammonia, when a reasonable
amount of hydrogen is added to the system [64]. Hydrogen displays a high combustion velocity, low ig-
nition energy and a wide flammability range that allows the engine to operate at high air fuel ratios [16].
However, the drawback of using a dual fuel configuration is the increase in the complexity of the engine’s
layout, since the system generally requires a dual storage, delivery and injection system.

Fuel NH3 H2 CH4 C3Hg
Boiling temperatureat 1 atm (°C) -334 —253 —161 —42.1
Condensation pressure at 25 °C (atm) 9.90 N/A N/A 9.40
Lower heating value, LHV (MJ/kg) 18.6 120 50.0 46.4
Flammability limit (Equivalence ratio) 0.63~1.40 0.10~7.1 0.50~1.7 0.51~2.5
Adiabatic flame temperature (°C) 1800 2110 1950 2000
Maximum laminar burning velocity (m/s) 0.07 291 0.37 043
Minimum auto ignition temperature (°C) 650 520 630 450

Figure 3.1: Fundamental combustion characteristics and thermal properties of ammonia and hydrocar-
bon fuels [14].

3.3 SIand CI engine characteristics

3.3.1 Conventional ignition concepts

The two common ways to ignite the fuel in an ICE is by compression ignition or spark-ignition that are
commonly used for diesel engines and petrol engines, respectively. SI engines are typically characterized
by its low NOx emissions and rapid response rate at the cost of a relatively lower efficiency in contrast to
CI engines [17]. The literature on hydrogen-ammonia SI engines is vast in comparison to other ignition
methods and has already shown promising experimental results. The startup time is also considerably
lower in contrast to CI engines, since no additional heating of the fuel air mixture is needed during engine
startup. Spark-ignition is also a great method to initiate the combustion of ammonia in an ICE, since the
octane rating (= 110) is relatively higher than that of petrol, which is generally used in SI engines [19].
A higher octane rating results in a greater resistance in knocking or pinging during combustion. As a
matter of fact, the high octane rating also allows for higher compression ratios, which can lead to higher
engine efficiencies [20]. Knocking is a term used for the spontaneous ignition of the fuel and as a result,
the combustion process no longer takes place at the optimum crank angle. This undesired earlier start of
combustion is a significant boundary condition for engine control systems to avoid and is often induced
by over advancing the start of ignition timing [61].

CI engines on the other hand, offer a relatively greater efficiency and lifespan, which translates back
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to a lower fuel consumption and less required maintenance [65]. However, for smooth operations, CI
engines highly rely on the air-fuel mixture and the cetane number (CN) of the promoter fuel [66]. The
cetane rating is an indicator for the combustion speed and compression required for fuel ignition. This
rating plays a comparable role for CI engines as octane rating does for SI engines. CI engines are typically
characterised by its high emission and slow response rate [17]. Hydrogen-ammonia combustion inside
CI engines is commonly affected by great amounts of NOx production inside the flame zone [67]. The
NOx is primarily produced from fuel-bound nitrogen, which can unlike the nitrogen (V) in air easily
re-bond with free oxygen during the combustion process. All in all, both SI and CI engines have their
own advantages and disadvantages.

3.3.2 HCCI concept

In 1983 a new ignition concept was introduced that is known as homogeneous compression charge igni-
tion (HCCI). This ignition methodology has been frequently associated with SOFC-ICE combination sys-
tems. Itis regarded as a combustion strategy in which the gaseous fuel and air are already mixed before it
is provided into the combustion chamber [68]. Depending on the compression ratio, the temperature at
maximum compression should always be above the auto-ignition point of the hydrogen-ammonia mix-
ture in order to ensure auto-ignition. The HCCI engine has been considered as a promising technological
concept, but it has not been commercially applied yet due to some major technical challenges.
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Figure 3.2: (a) Experimental results in-cylinder pressure curve for various hydrogen-ammonia blends
for an HCCI engine operating at 1.5 [bar] intake pressure and 473 [K] intake temperature [15] and (b)
Spark ignition engine net heat release vs crank angle of a 7% volumetric hydrogen-ammonia mixture in
comparison to gasoline at full load [16].

The main advantage of this ignition concept is the high achievable performance and efficiency while
keeping the emissions low because of the relatively low in-cylinder temperatures [15]. It can be consid-
ered as the ignition method which combines the best features of diesel and gasoline to produce diesel
like power while maintaining gasoline-like emissions [17]. However, controlling the combustion in HCCI
engines is presently still an issue due to its rapid heat release rate and very high maximum pressures [17].
In particularly its narrow operating range of the engine at high loads makes HCCI currently inaccessible
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for marine engines. In addition, the ignition delay and behaviour is still fairly unpredictable. Therefore
a detailed controlling ignition timing over a range of different loads and engine speeds (to stay between
knock and misfire) is required and is yet still under development [68].

An experimental study performed by Pochet et al. [23] has shown stable performance for hydrogen-
ammonia combustion inside an HCCI engine at a compression ratio of 16:1. However, the volumetric
ammonia content has been limited to 57% in order to achieve high operating efficiencies. Higher con-
centrations resulted in incomplete combustion and the increased probability of misfire due to the high
auto-ignition resistance of ammonia [15]. The experiments conducted by Reiter et al. [69] showed com-
parable results, when increasing the ammonia ratio. Higher ignition delays were detected causing de-
terioration in the peak pressure during combustion. Higher ammonia concentrations inside an HCCI
engine is feasible by increasing the compression ratio and intake pressure [15]. However, the probability
of ringing also increases when increasing the compression ratio, leading to a reduction in power density
[15]. Therefore a trade-off between low compression ratios to prevent hydrogen from ringing and high
compression ratios to promote ammonia combustion is necessary [23]. Figure 3.3 shows the in-cylinder
cross sections of the engine’s in-cylinder when using the ignition methods, CI, SI and HCCI.
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Figure 3.3: Combustion control strategies (a) CI, (b) SI and (c) HCCI. The green, red and blue coloured
lines depict the injection event, HRR and pressure, respectively [17].

3.3.3 RCCI concept

Controlling the combustion rate in HCCI engines is still a known issue as of today. Many developments
in improving and especially in slowing down the heat release rate have lead in 2012 to a new compres-
sion ignition concept. This ignition strategy is also known as reactivity controlled compression ignition
(RCCI) and has risen as a suitable strategy for controlling the HCCI combustion. RCCI engines are typ-
ically characterised by its use of two types of fuel. Both fuels have different auto-ignition properties to
control the phasing and duration of the combustion process [32].

During the compression stroke, low-reactivity fuel (high octane number) is premixed with air and
injected into the cylinder far before reaching TDC. It is important to note that the temperature inside the
cylinder during the first injection should be low enough for the fuel not to auto-ignite. During the com-
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pression cycle, high-reactivity fuel (high cetane rating) is injected into the cylinder to form a local mixture
of both fuel and air blends. At the end of the compression stroke, a second injection of high-reactivity
fuel at high pressure starts the ignition and combustion of the fuel and air blend [17]. By following this
methodology, the combustion can gradually spread from the high reactivity zones to the rest of the com-
bustion chamber resulting in a more controlled heat release process [70]. The conducted experiments
by Kokjohn et al. [71] have shown high thermal efficiencies and low NOx emissions. An improvement
of at least 4% in fuel consumption has been observed in comparison to conventional diesel combustion
(CDQ). This can be explained by the avoidance of high temperature regions which consequently lead to
areduction in heat transfer losses.

Ammonia could be used as the low-reactivity fuel due to its high octane rating. High cetane ratings
and auto-ignition characteristics are needed for the high-reactivity fuel, making diesel one of the ideal
choices. Hydrogen might also be a candidate due to its high combustion rate. It has in comparison
to diesel fuel a significantly higher auto-ignition temperature (809 [K] versus 483 [K]), however, hydro-
gen needs considerably less activation energy to ignite. This indicates that hydrogen burns significantly
faster in contrast to diesel fuel when it enters the hot combustion cylinder. As a result, the controllabil-
ity of the combustion process can be greatly affected by the presence of hydrogen. Ahmadi et al. [70]
investigated the influences of hydrogen addition on the performance of an RCCI engine. According to
his observations, adding hydrogen to the system increased the in chamber reaction, which as a result
accelerated the ignition timing. This, however, lead to an increased probability in knocking. The fea-
sibility and efficiency of hydrogen-ammonia combustion inside RCCI engines cannot be answered yet,
since this configuration has not been experimentally tested.

In the next sections, the influences of ammonia on the engine’s performance will be further dis-
cussed.

3.4 Directinjection and port injection

A high injection pressure in the order of 600 to 700 [bar] enables a nearly complete distribution of the
fuel mixture inside the combustion cylinder [37]. Direct liquid injection is commonly used in compres-
sion ignition engines such as diesel engines. However, ammonia has a significantly higher latent heat
of vaporization (1369 [kJ/kg]) in comparison to diesel oil (232.4 [kJ/kg]) and gasoline (348.7 [k]/kg]).
The latent heat of vaporization represents the total amount of energy per kg required to complete the
transition from liquid to gaseous. This phase transition causes a massive cooling effect in the cylinder,
resulting in a limitation in operating and performance range, poor efficiency and a greater probability
of misfire [67]. However, for a hydrogen-ammonia mixture, the hydrogen can counteract the ammonia’s
cooling effect, because of its lower auto-ignition temperature requirement. In this respect, the earlier
combustion of the hydrogen is able to minimize the cooling effect caused by the liquid to gas transition
of ammonia.

Portinjection can both be used for spark- and compression ignition engines. The fuel mixture is often
delivered in a gaseous state along with the air into the intake port [39]. The main advantage of this type
of injection is the elimination of heat loss due to the vaporization of the fuel mixture inside the cylinder.
However, when port injected, the gaseous mixture displaces the inlet air delivered to the combustion
cylinder resulting in a reduction in the volumetric efficiency of the engine. A combined version of the
two injection methods could potentially maximize the volumetric efficiency while minimizing the heat
loss due to ammonia vaporization [39]. Such a system could be a highly advanced liquid or gaseous direct
injection strategy, which may also increase the maximum allowable concentration of ammonia in case
of a dual fuel mixture [39]. Having multiple injection strategies have also shown promising reductions of
NOx and unburned ammonia emissions [66].

HYDROGEN-AMMONIA DRIVEN ICE
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3.5 Hydrogen-ammonia ratio

From experiments it has been shown that at low hydrogen ratios, the chemical effect becomes the most
significant in the enhancement of the heat release. At higher hydrogen ratios, the transport effect be-
comes evidently dominant, because of the high mobility of the hydrogen [72]. The laminar burning
velocities of different ammonia-hydrogen ratios have been conducted by lee et al. [73], Li et al. [74]
and Kumar et al. [75]. However, the experiments were all conducted under atmospheric pressure con-
ditions. According to their observations, the laminar burning velocity of premixed ammonia-hydrogen
increases exponentially when increasing the hydrogen ratio. In addition, increasing the initial mixture
pressure while keeping the hydrogen ratio the same does negatively influence the laminar burning ve-
locity [76, 77]. An experimental study performed by He et al. [78] reported promising results on the
auto-ignition properties when the fuel contained 20 vol. % hydrogen at high pressures varying from 20
to 60 [bar] and intermediate temperatures (between 950 and 1150 [K]).

The minimum hydrogen concentration depends on factors such as the operating conditions, engine
specifications, the temperature of the engine cylinder jacket and the spark properties [79]. Ammonia-
hydrogen mixtures containing between 10-20 volume percent hydrogen showed favourable combustion
characteristics for SI engines at full load [80]. According to the experiments conducted by Frigo et al. [16]
on a four-stroke SI engine, a minimum volumetric hydrogen-ammonia ratio of 7% at full load and 11%
at halfload was required to get reasonable engine response.

For CI engines, a minimum volumetric hydrogen concentration of 30% is required to obtain decent
efficiencies at low compression ratios (12.3:1) and intake pressures [23]. Thus, when increasing the com-
pression ratio, a lower volume concentration of hydrogen is needed at the cost of an increased probability
of ringing. The experiments conducted by Duynslaegher et al. [20] has also shown comparable results
for the minimum required hydrogen concentration. At intermediate engine speed (1800 [r pm]), a min-
imum hydrogen ratio between 4-5% by weight (which translates to 26-31 vol.% hydrogen) was required.
Further decreasing the hydrogen concentration resulted into a rapid fall in engine performance. Adding
hydrogen as a combustion promoter does not significantly influence the ammonia reaction pathways.
According to the experimental observations by He et al. [78], the hydrogen-ammonia mixture showed
the same pathway as for pure ammonia combustion. However, the additive hydrogen does help in in-
creasing the oxidation reaction rate by accelerating the consumption of ammonia and N H, through the
same pathway as for pure ammonia combustion [78].

3.6 Equivalence ratio

The equivalence ratio, which is the ratio of the actual air—fuel ratio to the stoichiometric air—fuel ratio
plays a significant role in the overall performance of the engine and on the composition of the exhaust
gas. Changing the equivalence ratio influences the auto-ignition (delay) characteristics and is generally
used for air-deficient situations [81]. In case the equivalence ratio exceeds 0.8, stable operation of SI
engines cannot be fully guaranteed [1]. The overall chemical combustion equation for an ammonia hy-
drogen mixture is shown in Equation 3.1. Nitrogen has to be included in the equation, since air is used as
the oxidizer instead of pure oxygen [82]. One mole of O, equals 3.76 moles of N,, when the air consists
of 79% N, and 21% O [23].
3 3 6.64
NHs+ (02 +3.76N;) — ZH O+ == Np 3.1)

1 3.76
H) + E(Oz +3.76 N») — H, O+ TNZ (3.2)
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The Equations 3.1 and 3.2 can be combined, resulting in Equation 3.3:

3—.761-12 3—xH2 1—xH2 3—.761-12

+3.76 -

1- .XHZ)NH;; + xH2H2 + (Oy + 3. 76 N) — H,O + ( )N, (3.3)

In which xp, is the hydrogen molar fraction in the fuel mixture:

[H>]

= (3.4)
[Hz] + [N H3]

ng
The chemical kinetics for the combustion process is extremely complex and difficult to simulate. As a
matter of fact, traces of NoO, NOx and N Hs are always found in the exhaust gas [81]. In order to get
a brief indication of the air fuel ratio, several assumptions have been made. We assume an oxygen air
content of 21% and a complete combustion, meaning that the only products after combustion are H,O
and Ns.

3—XH2
m - (05 +3.76 N>)
AFR=Ta_ _& 2 2 3.5)
mfg (I—XHZ)NH3+)CH2H2
The stoichiometric air-fuel ratio is a function of the air-fuel ratio and the air excess ratio (1):
Mo o
o= AFR (3.6) A — amin (3'7)
A mg

For complete combustion, the ideal (theoretical) AFR is also known as the stoichiometric air-fuel ratio.
Those ratios are fixed and fuel dependent. Pure hydrogen and ammonia have a stoichiometric AFR of
34.32:1 and 6.06:1 respectively. This means that for 1 [kg] of hydrogen, 34.3 [kg] of air is needed in order
to achieve complete combustion, meaning that no excess oxygen and unburnt fuel can be found in the
exhaust. The air-fuel mixture is called lean or rich in case the AFR is higher or lower than the stoichiomet-
ric ratio [18]. Performing under rich or lean conditions both have their advantages and disadvantages.
As can be seen in Figure 3.4a, the maximum power is obtained with rich air-fuel mixtures, while the low-
est fuel consumption can be achieved under lean conditions. The AFR ratio for SI engines usually varies
(between lean and rich conditions) for different operating points in terms of engines speeds, loads and
temperatures as shown in Figure 3.4b. Modern SI engines are, however, operating as much as possible
around stoichiometric air-fuel ratios, mainly because of the exhaust gas after treatment reasons [18].

CI engines on the other hand always operate at lean air-fuel conditions. Another major difference
between SI and CI engines is that CI engines typically run on stratified (non homogeneous) air-fuel mix-
tures, while SI engines are operating with homogeneous mixtures (in case of port-injection engines) [18].
Because of the lower stoichiometric value of ammonia in contrast to diesel, more ammonia fuel can be
supplied to the combustion chamber with the same amount of air intake. This makes the energy content
of the stoichiometric air-ammonia mixture comparable to that of diesel and gasoline fuels [18].

The conducted hydrogen-ammonia experiments on SI engines by Lhuillier et al. [19] have shown
minimal values in NOx emissions for fuel rich mixtures. He also observed an increase in NOx emissions
when increasing the hydrogen ratio. A reason for this could be due to the increase in thermal tempera-
ture that promotes the NOx formation. Increasing the equivalence ratio will also result in an increase of
unburned ammonia in the exhaust gas as can be seen in Figure 3.5. In addition, when the equivalence
ratio is heading towards very lean mixtures, the concentration of unburned ammonia also increases,
because of the poor combustion efficiency [19]. Exhaust gas after treatment concepts such as the SCR
could beneficially use the available unburned ammonia to decompose the NOx particles. Therefore in
order to achieve the best equivalence ratio in terms of minimal unburned ammonia and NOx produc-
tion, a balance has to be found between the amount of available unburned ammonia and the created
NOx concentration in the exhaust gas.
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Figure 3.4: (a) Fuel consumption and engine power as function of A and (b) is an example of an SI engine
AFR as function of torque and engine speed [18].
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Figure 3.5: Pollutant emissions of unburned ammonia (left) and NOx (right) in the exhaust [19].

3.7 Compression ratio

It has been observed from the conducted studies by Duynslaegher et al. [20] that an increase in compres-
sion ratio goes together with a slight increase in efficiency and a higher quantity of oxygen and ammonia
in the exhaust gas. The unburned ammonia concentration of 8% to 10%, which is significantly higher
than the quantities found in conventional fuels (= 3%) could not be fully explained. According to the
author, the unburned fraction could be the result of poor combustion going together with an increase of
the quenching effect at the walls. The term quenching refers to flame extinguish as a result of the heat
loss to the cylinder walls.

During the expansion phase, the cylinder piston moves faster than the flame propagation speed due
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to the low flame speed of ammonia. The energy contained in the flame front is subsequently deluded
and does, therefore, not fully preheat the trapped mixture enough to allow for a complete flame propa-
gation [20]. When flame quenches, it leaves a layer or volume of unburned mixture ahead of the flame
[83]. Quenching is mostly influenced by the compression ratio and can be mitigated by controlling the
turbulence in the cylinder with the use of an appropriate engine geometry or admission phase [20]. In
addition, increasing the compression ratio for CI engines will most likely lead to an increased maximum
combustion temperature and elevated NOx emissions. One way to counter the NOx production is the
use of alternative combustion techniques, such as lean operation [66].

3.8 Effect of the spark timing

The spark timing at the start of combustion can significantly influence the overall performance of the
engine. One of the reasons for this is the low flame speed of ammonia resulting in a higher required
spark advance in comparison to gasoline. Proper spark advance timing, which is also influenced by the
fuel flow rate is needed to have enough time for the ammonia mixture to burn [19]. In addition, from a
theoretical point of view, an increase in spark advance will also result in an increase in the efficiency of
the engine.

However, the advance timing cannot be too high and is often limited by the increased probability in
knock, which has been experimentally observed starting from 40°before reaching the top dead center
(TDC) [20]. Because of the high auto-ignition resistance of ammonia, the maximum efficiency due to
the spark advance is well reached before the appearance of knock becomes significant. As a matter of
fact, the benefit of having a high knock resistance makes the engine operable at much higher indicated
mean pressures in contrast to gasoline fueled engines. As a result greater efficiencies at higher loads can
be expected for ammonia fueled engines [20]. This enables the engine at full load to use its maximum
brake torque (MBT) spark timing, which is also known as the minimum spark timing for the best torque
[84].
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Figure 3.6: (a) Pressure-volume diagrams for several spark advances from the ammonia experiments
by Duynslaegher et al. [20]: black line = 16°; grey line = 24°; grey dotted line = 30°and (b) the engine
performances monitored for several spark advances.

As can be seen in Figure 3.6a from the experimental results by Duynslaegher et al. [20], the maximum
efficiency has well been reached at a spark advance of 20°. There is no beneficial effect in increasing the
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spark advance even further since the engine performance will remain the same, it may even result in
a higher unburned ammonia concentrations. In addition, as depicted in Figure 3.6b, the increase in
spark advance is also correlated to an increase in maximum pressure. Thus, further increasing the spark
advance after reaching the maximum engine efficiency will result in higher maximum pressures inside
the cylinder, which is not beneficial for the mechanical durability.



Chapter 4

Conclusions literature study

4.1

Chapter overview

The basic principles of ammonia fueled solid oxide fuel cells (SOFC) and hydrogen-ammonia fueled in-
ternal combustion engines (ICE) have been investigated in the literature study. The conclusions for the
SOFC (Section 4.2) and the ICE (Section 4.3) are covered in this chapter. The final conclusions con-
cerning the literature study are drawn in Section 4.4, together with the preferred ignition method for the
in-cylinder modelling. The literature study gave us an outline of the modelling that has to be done in
order to answer the main research question that is stated in Section 1.3. Section 4.5 shows a concise
overview of the project definition phase of the thesis.

4.2

Ammonia fueled SOFC conclusions

* The conducted experiments and theoretical based models for directly ammonia fueled solid ox-

ide fuel cells have both shown promising results. System efficiencies above 50% can be expected,
however, there are still practical challenges that require further development. The power density
and load response capability of solid oxide fuel cells are not at an acceptable level yet, making it in
comparison to conventional fossil fueled engines less interesting for ship owners.

From the conducted experiments by Stoeckl et al. [48], the author observed that the decrease in
temperature in the SOFC stack was the most pronounced at the anode inlet region, which may
indicate that the majority of the ammonia decomposition happens at the fuel inlet of the anode.
The conducted experiments by Stoeckl et al. [50] also showed no voltage degradation during a
100 hour operating time of the ammonia fueled SOFC stack at a fuel utilization factor of 80%. The
author observed greater internal resistances and a reduction in the performance of the ammonia
fueled SOFC stack, when further lowering the fuel utilization factor. Hence, the fuel utilization
factor should preferably be around 80% for optimal performances.

Nickel is a widely used catalyst inside SOFCs, because of its high electronic conductivity and sta-
bility under chemically reducing conditions. In addition, nickel also works as a catalyst for the
ammonia decomposition and can be used as the internal reforming catalyst for ammonia fueled
SOFCs. A temperature range between 800 and 1100 [°C] is needed inside an SOFC-O stack for zir-
conia (cermet), the oxygen ion conductor (inside the electrolyte) to work properly. At these tem-
peratures, a nickel catalyst would give an ammonia conversion rate close to 100% (as shown in
Figure 2.4) in case of direct cracking.

CONCLUSIONS LITERATURE STUDY
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4.3

For ammonia and hydrogen fueled SOFCs, similar internal resistance losses at temperatures above
800 [°C] were observed. However, when operating the fuel cell at lower temperatures (below 700
[°C]), a slight increase in interfacial polarization occurred when fueled with ammonia, which can
be explained by the slower hydrogen formation at that temperature.

The scarcity of available research papers on SOFC-H stacks does not necessarily imply that the
concept is completely irrelevant. Oxygen conducting SOFCs typically require high operating tem-
peratures to improve the ion conductance of the electrolyte. This affects the durability of the ma-
terials inside the stack. Proton conducting SOFCs on the other hand can operate at lower tempera-
tures, which enhances the durability of the stack. In addition, the absence of water in the output of
the anode removes the vapor condenser subsystem requirement that would otherwise be placed
between the anode-off gas from the SOFC and the hydrogen storage tank.

Solid oxide fuel cells are not found on its own, but are integrated with extra components for the
fuel cell to work properly such as air compressors, heat exchangers, air blowers, etc. These extras
are commonly called the balance of plant (BOP), which has influences on the reaction time of the
fuel cell system. Azzopardi et al. [85] has measured the response time of an SOFC when adjusting
the load condition to be in the order of 1-2 minutes. The reasons for the slow response lies in the
constraint to limit and control the fuel consumption and temperature gradient in the system. This
makes SOFCs highly inefficient in coping with transient loading.

Very little is known about what occurs within the SOFC stack during transient loading. The reason
for this is the difficulty of experimentally accessing the internal features of the SOFC stack with-
out modifying the temperature and flow rate which are critical parameters in determining the cell
performance [86]. In a paper published by Komatsu et al. [87] indicated that reducing the fuel
flow rate by setting a higher Uy may decrease the OCV, increase concentration polarization and
also increase the degradation rate of the fuel stack. He also emphasised the importance of oper-
ating temperature management which can significantly reduce the effects of polarization during
transient loading.

Cost may also be a deciding factor in the popularity of the SOFC on-board of vessels. At the mo-
ment solid oxide fuel cells are costly in terms of high operation and investment expenditures. To
make it slightly worse, the fuel stacks have a relatively short life span as they have to be replaced
every 2-3 years [43]. SOFC cost per [kWh] has mostly remained the same in the last couple of years.
The investment costs are still expected to remain relatively expensive in the near future [11]. How-
ever, some novel concepts and manufacturing techniques have shown opportunities in reducing
the capital cost. It can be expected that these high investment and operational costs of solid oxide
fuel cells can be justified when a reduction in emissions, noise and vibrations play an important
role [43].

At last, steady developments in medium temperature proton conducting SOFCs may enhance
the overall performance and durability of ammonia fueled SOFCs in the near future. However,
at medium temperatures, more expensive catalysts are required for the cracking of ammonia. Low
temperature nano based catalysts may provide a solution to this problem.

Hydrogen-ammonia fueled ICE conclusions

Respectable technical performances in terms of load response, power density, system efficiency,
part-load performance and coping with marine environment have been observed when compar-
ing ammonia-hydrogen driven ICE with a conventional fossil fueled configuration [88]. Internal
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combustion engines are in contrast to SOFCs less expensive and do generally also have an accept-
able power density and load response capability. This makes ammonia-hydrogen driven engines
exceptionally suitable for mechanically driven propulsion on-board of ships in contrast to other
carbon free alternatives. Nonetheless, the ammonia-hydrogen driven ICE concept is still in its
novel stage.

The minimum hydrogen concentration depends on factors such as the operating conditions, en-
gine specifications, initial conditions, the temperature of the engine cylinder jacket and the spark
properties (in case of SI). Part-load conditions generally require a higher hydrogen concentration.
From engine experiments, CI engines require a minimum volumetric hydrogen concentration of
30%, while SI engines have shown respectable combustion characteristics at volumetric hydrogen
concentrations between 10-20%.

Spark ignition has shown promising results for hydrogen-ammonia fueled engines. However, this
usually comes at a cost of a relatively lower combustion efficiency in contrast to compression ig-
nition engines. Several advanced compression ignition concepts are under development, such as
HCCI and RCCI in which both methods combines the best features of SI and CI engines. Experi-
mental studies by Ahmadi et al. [70] on hydrogen addition during RCCI combustion have shown
an increased likelihood in knocking. However, the author used diesel as the prime fuel which has a
considerably lower octane rating in comparison to ammonia fuel. Hence, it cannot be said whether
the increased likelihood in knocking is also the case for the hydrogen and ammonia fuel combi-
nation since it has not yet been experimentally tested in RCCI engines. A concise overview of the
combustion strategies can be found in Table 4.1.

Unlike spark ignition, HCCI does not have a direct control on when combustion takes place. In this
regard, the mixture composition, intake temperature and the intake pressure have to be tuned in
such that the combustion occurs when desired [15]. In addition, for HCCI engines, both the air and
the fuel have to be mixed at the inlet port (i.e. fumigation) or at the beginning of the compression
cycle by direct injection [89].

For typical SI or CI engines, at any point in time, only a fraction of the total fuel is burning. This
results in notably lower peak pressures and energy release rates peak values in contrast to HCCI
in which the ignition simultaneously occurs on multiple sites inside the cylinder [17]. Hence a
much smaller combustion duration and therefore higher peak pressures can be expected for HCCI
operation.

The available experimental results for hydrogen-ammonia combustion are nowadays all based on
automotive sized engines. These engines do not show similar combustion characteristics in com-
parison to large marine engines. A reasonable argument is the time available for the combustion
process, which is usually longer for marine engines because of the lower engines speeds. In ad-
dition, marine engines typically have a larger combustion chamber volume to surface ratio. This
typically results in relatively less heat losses in comparison to automotive engines. This also in-
fluences the overall performance output in terms of in-cylinder pressure, combustion heat and
temperature per crank angle [32].

MAN engines has recently published their newly designed two-stroke engine concept, which is
able to operate on ammonia and an additional promoter fuel. As of 2020, it has been expected that
the development time of ammonia engines will take two to four more years [37]. It is possible for
most types of IC engines to operate on ammonia by modifying the compression ratio and chang-
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ing the fuel line materials to avoid corrosion [66]. However, in order to obtain greater indicated
efficiencies, the engine’s in-cylinder geometry should be completely optimised for HCCI mode.

With virtually zero carbon, sulphur, unburned hydrocarbons and particular matter emissions and the
already existing ammonia production facilities and infrastructures, ammonia will most likely become an
abundant marine fuel source in the future. An overview of the ignition methods can be found in Table
4.1.

Table 4.1: Traditional and controlled auto-ignition based combustion methods. The contents in the table
are from the paper by Aziz et al. [17].

Combustion mode SI CI HCCI RCCI
Fuel Gasoline-like Diesel-like  Flexible fuels Multifuels
Lambda 1 1.2t0 2.2 >1 >1
Ignition Spark ignition Auto-ignition Auto-ignition Auto-ignition
Combustion form Premixed Diffusion Premixed ! Premixed + stratified
Comb. rate limitation Flame propagation Mixing rate  Spontaneous Fuel reactivity
Comb. temperature High Partially high Relativelylow Relatively high

4.4 Final conclusions

The literature study gave us an indication what we can expect when we run the ammonia fueled SOFC
and hydrogen-ammonia fueled ICE independently as single systems. A vast amount of papers concern-
ing directly fueled ammonia SOFCs have been published throughout the years. This concept has already
been extensively modeled and successfully tested on large-scale. On the other hand, not much is known
about hydrogen-ammonia combustion inside an ICE. Although the flammability behaviour and chemi-
cal kinetics during combustion have been widely investigated. Publications concerning the in-cylinder
combustion characteristics are scarce. To make it worse, the conducted experiments are all based on
automotive engines, which outcomes cannot be entirely translated or extrapolated to large marine sized
engines. This makes the latter also difficult to conclude whether hydrogen-ammonia fueled SI or CI
engines are the most suitable for marine applications.

For automotive sized engines, hydrogen-ammonia combustion during SI mode is possible, but not
optimal because of the high auto-ignition resistance and low flame propagation speed of ammonia.
Hence, poor engine efficiencies, low power densities and large amounts of unburned fuel are more
likely to occur during spark ignition. Compression ignition on the other hand is largely affected by great
amounts of NOx production inside the flame zone. The NOx is primarily produced from fuel-bound
nitrogen, which can unlike the nitrogen (NN;) in air easily re-bond with free oxygen during the combus-
tion process. The latter may explain why there are more papers published for SI engines instead of CI.
HCCI combustion on the other hand is a promising candidate to overcome these disadvantages (i.e. low
power density and high NOx emissions). Hydrogen-ammonia fueled HCCI combustion for a range of
fuel blends have been documented by Pochet et al. [15, 23, 2]. The conducted experiments on his au-
tomotive sized engine have shown promising results. However, hydrogen-ammonia combustion inside
HCCI engines is still a novel concept that requires lots of large-scale experiments and simulation studies
to find the most optimal engine geometry, operating range and hydrogen concentration.

1But dominated by chemical kinetics
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4.5 Project definition

The performance of the SOFC is not affected by the operational condition of the HCCI engine, while the
ICE is dependent on the hydrogen concentration in the SOFC’s anode-off gas. Since there are a number
of working ammonia fueled SOFC models in the literature, the thesis will be mostly emphasised on the
investigation of hydrogen-ammonia fueled HCCI combustion. Here, we will make the assumption that
the SOFC is able to provide sufficient hydrogen and heat to the ICE.

4.5.1 Projectapproach

To answer whether HCCI mode is a suitable candidate for engine combustion on-board of ships for an
ammonia fueled SOFC-ICE design, we firstly have to develop a working hydrogen-ammonia fueled in-
cylinder model that is able to simulate HCCI combustion. The input parameters for the model are from
the experimental results by Pochet et al. [23]. Because of the incompleteness of the input data, several
unknown parameters have been calibrated by fitting the output results (i.e. indicated efficiency, injected
fuel mass, Maximum temperature and combustion efficiency) from the in-cylinder model with the re-
sults from the paper.

Since the available experimental data for hydrogen-ammonia combustion are all based on automo-
tive sized engines, several scaling laws have been investigated to search for the most optimal way to
enlarge the size of the automotive engine to a truck sized variant. The scaling results may give a first
impression what we can expect the engine power output, fuel mass flow and engine performances to be
for a truck sized hydrogen-ammonia fueled HCCI engine. Further enlarging the truck sized engine to a
marine sized variant has been considered, but this has shown inaccurate output results because of the
growing differences in the relative heat loss between both engines.

From the literature study, it became evident that HCCI engines have issues with auto-ignition con-
trol. The inlet conditions have shown to be the decisive parameters in the location of the start of com-
bustion crank angle. Hence, a parametric study on the initial conditions is necessary to get a better
understanding which intake parameters have the greatest impact on the auto-ignition and how changes
in the initial conditions will affect the combustion characteristics. For this parametric study, the modi-
fied knock integral model (MKIM) and the Single-Wiebe function have been developed. Here, the MKIM
function is necessary to determine the shift in the start of combustion crank angle when adjusting the
initial conditions. Then, the Single-Wiebe model is used to determine the new mass fraction burn distri-
bution for the anti-causal in-cylinder model to simulation the in-cylinder combustion characteristics.

The scaled engine model for hydrogen-ammonia combustion has shown poor performances in com-
parison to a similar sized engine that is running on carbon fuel. In order to enhance the power output of
the scaled engine, several modifications in the initial conditions (i.e. intake temperature, engine speed,
equivalence ratio and intake pressure) have been proposed and further investigated. At last, since the
location of the start of combustion for HCCI engines is almost fully controlled by the initial conditions,
an analysis has been performed to find ways to enhance the flexibility of the proposed SOFC-ICE design
layout. These system design considerations are mitigation measurements to decrease the fluctuations
in the engine’s intake conditions.

A concise overview of the main purpose and output results for each of the developed models can be
found in Figure 4.1.

CONCLUSIONS LITERATURE STUDY



Engine scaling

Input

*  Scaling laws

*  In-cylinder model

*  Thermodynamic results from
the in-cylinder model, which
are necessary for the heat loss
calibration

Purpose

* Engine scaling is necessary to
obtain the performance output
of a larger sized engine

* Here, the stroke of the engine
has been enlarged from 88 to
170 [mm)]

* The scaling models provide
insight how effective engine
scaling is and whether we can
use the scaling laws to enlarge
an automotive sized engine to a
truck sized variant

* The model provides insight
which scaling law fits the best
for HCCI combustion

Output

* Indicated efficiency

*  Heatloss

* Indicated power output

*  Hydrogen and ammonia mass
flow

*  The start of combustion (CA1)

Figure 4.1: Concise overview of the 4 developed models
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Chapter 5

In-cylinder combustion model

5.1 Chapter overview

As mentioned in Chapter 4, not much is known about hydrogen-ammonia combustion inside internal
combustion engines, while directly fueled ammonia SOFCs have already been extensively modeled and
tested on large-scale. In-cylinder modeling for hydrogen-ammonia HCCI combustion is a useful way to
obtain insight in the combustion characteristics of the fuel blends. In this chapter, the in-cylinder model
for HCCI combustion will be further elaborated. Section 5.3 will discuss the engine specifications and
the methodology in the creation of the HCCI engine model. This section also provides a concise expla-
nation for the heat release and heat loss models. The results from the in-cylinder model are discussed
in Section 5.4. At last, the reflection on the results and the conclusions drawn from the results can be
found in Section 5.5 and Section 5.6, respectively.

5.2 Introduction

The main objective for the in-cylinder model is to simulate the in-cylinder hydrogen-ammonia combus-
tion characteristics from the conducted HCCI experiments by Pochet et al. [23] as accurately as possi-
ble. Here, the main output parameters from the in-cylinder model are the brake power, fuel mass flow,
most optimal hydrogen ratio and the minimum required inlet temperature. The model also provides
insight what we can expect the in-cylinder temperature and the heat release distribution to be during
the combustion process. However, these distributions may no be completely accurate because of the in-
complete data that has been used for the calibration of the model. The developed in-cylinder model has
shown similar overall output results including the injected fuel mass, indicated efficiency, combustion
efficiency and the heat loss with the results from the paper by Pochet. However, it cannot be verified
whether the heat release rate and temperature distribution during the combustion process from the de-
veloped in-cylinder model are similar with the conducted experiments by Pochet.

Sapra et al. [32] modeled and conducted experiments on hydrogen natural gas combustion inside
a spark ignited ICE. Sapra kindly provided his findings and his verified and validated hydrogen-NG in-
cylinder model as a baseline for the hydrogen-ammonia HCCI in-cylinder model. The framework com-
ponents of the in-cylinder model (i.e. heat release, heat loss, combustion characterization and the in-
cylinder process) components have been modified for hydrogen-ammonia fuel. Due to the incomplete
set of experimental data from Pochet, the unknown input parameters for the in-cylinder model have
been determined based on reasonable assumptions and on engine calibration that will be discussed in
Section 5.3.2. The absence of a complete data set will affect the reliability of the in-cylinder modeling
results.

IN-CYLINDER COMBUSTION MODEL
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5.3 Methodology

5.3.1 Modelling approach

The main components of the in-cylinder model are the heat release model (Section 5.3.3), the heat loss
model (Section 5.3.4), fuel and air property block components and the mass balance and composition
models (Appendix B3). Here, the components of the model have been modified for hydrogen-ammonia
combustion. The in-cylinder model simulates the in-cylinder process from the crank angle inlet valve
close (IC) to exhaust valve open (EO). The ideal gas behaviour is assumed for the air, stoichiometric gas
and the exhaust gas, which means that the thermodynamic properties only depend on the change in
temperature. In addition, no leakage from the fuel and air through the cylinder has been assumed for
the in-cylinder modeling.

The parameters in the model are categorised in four divisions as a result of the incompleteness of the
data set. In this respect, the model contains fixed parameters, iterative parameters, calibration param-
eters and the parameters that are based on reasonable assumptions. The next subsections contain an
in-detail explanation of these input parameters and the main model components that have been used
to model the combustion characteristics of hydrogen-ammonia fuel. The flowchart in Figure 5.2 gives
a concise overview of the most important steps that have been taken during the development of the
in-cylinder model. An in-detail explanation of the in-cylinder model can be found in [21].

dv

Off ] V(OI) . V ,i - S N
dt x |
P P
[ (o >
P(a) ‘L Y 4T ) NAHRR
_pV Jdl a — |* >
) m-R |« R | dt | -
— GAHRR
F > m + l m_5 X + >
J_ msg —> R C-« - Qcom‘t:
> >
Cusg j— O, CRR
ma 5 AT > loss - =
" Cva - g
: ag—>w > X uref
> A(Ot) — _ LHV 4
S Auref L
—h »

Figure 5.1: Block diagram overview for the simulation of the heat release rate. The figure has been taken
from Stapersma [21].

5.3.2 Input parameters

As mentioned earlier, the amount of available experimental data concerning hydrogen-ammonia fueled
HCCI engines is limited. Due to this scarcity and the absence of a complete data set, the in-cylinder
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Figure 5.2: Flowchart overview of the steps taken in the creation of the HCCI engine model.

model has been developed using incomplete experimental engine data from Pochet et al. [15, 23]. The
parameters in the model are categorised in four divisions: fixed parameters, iterative parameters, cali-
bration parameters and the parameters that are based on reasonable assumptions.

Fixed parameters

The fixed parameters are the fuel and air properties (see Appendix B3) for a range of hydrogen-ammonia
fuel blends and the input parameters provided by the paper [15, 23]. These input parameters include
the engine specifications, equivalence ratio, inlet temperature, injected fuel mass, inlet pressure and
the pressure crank angle distributions for various hydrogen-ammonia ratios. However, the data for the
pressure distribution for the hydrogen-ammonia fuel blends are only available from -30 [CADaT DC]
to 30 [CADaTDC] as can be seen in Figure 5.3. In short, the remaining parts of the pressure trace are
unknown and had to be manually extended. An in-detail explanation and methodology for the pressure
trace extension can be found in Appendix B2.

Next, the stoichiometric ratio of the fuel mixture has been determined using the Equations 3.3 to
3.7 (in Chapter 3). In addition, the valve timings at IC and EO are available, while the valve timings
for 10 and EC are unknown. However, zero valve overlap can be assumed, since the fuel is premixed
with air before entering the cylinder. Thus, having a valve overlap is expected to drastically increase the
undesired ammonia slip. However, the absence of a valve overlap will result in a larger concentration of
trapped residual gas inside the cylinder. The quantity of this concentration (xsg) is also unknown, but
it has to be taken into account, since this parameter has a major influence on the heat release value,
in-cylinder temperature and the trapped mass [32].

The HCCI experiments by Pochet have been conducted with the use of a modified version of the PSA
DW10 engine. The engine specifications are shown in Table 5.1 together with the specifications used by
Sapra et al. [32].

IN-CYLINDER COMBUSTION MODEL
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Figure 5.3: P-V diagram ammonia hydrogen (47 vol. percent hydrogen) HCCI combustion, in which the
available data is shown in red and the manually extended data in blue.

Table 5.1: Natural gas SI and ammonia HCCI engine specifications.

Unit Slengine HCCIengine

Bore [mm] 170 85
Stroke [mm)] 190 88
Conrod length [mm] 816 145
Geometric compression ratio [—] 12:1 16:1
Rated power (kW] 500 -
Rated speed [rpm] 1500 1500
compression ratio (-] 12:1 15.3:1
Displacement volume [cm?®] 4312.6 499
Number of cylinders -] 8 1

Iterative parameters

The values for the iterative parameters are influenced by the results of the model. These parameters,
including n,, n., Rg and mg have to be corrected for each new iteration. In addition, since the data set
didn’t provide the start of combustion, this crank angle has been defined from the heat release rate. In
this respect, the start of combustion occurs when 1% of total cumulative heat release has been released.

Calibration parameters

The model has to comply with the results mentioned in the HCCI paper by Pochet (see Table 5.2). This
includes a matching indicated efficiency, maximum temperature and RCO. The initial equivalence ratio
has also been given, however, this value can not be entirely trusted as stated by the paper. Mostly since
this value has not taken into account the exhaust gas re-circulation (EGR). Because of this, the author
introduced a new parameter; the energy contained in the cylinder per unit volume (Fuel M EP), which is
not influenced by the EGR. The latter can be calculated from Equation 5.1 in which both the in-cylinder
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volume (V) and the LHVy,,; are already known values.

Mfyel LHVfuel
Ve

Fuel MEP = (5.1)

The complexity of the model and the wide range of parameters that are influencing each other makes it
difficult to get identical results with the HCCI paper. Therefore the Fuel MEP parameter will be mainly
prioritised during the model calibration. A reason to choose this value over the others, is that the exact
values for the indicated efficiency, maximum temperature and RCO are not explicitly mentioned for the
given pressure crank angle diagram experiment. It has to be noted that both papers have performed
multiple sets of experiments (ranging from experiment 1 to 6) with the same engine, however, with a
slightly different range of initial conditions. From each of these experiments, only a small portion of
the results were published. In this respect, the indicated efficiency values do correspond with the given
hydrogen-ammonia ratio, but are not from the same experiment as the one with the pressure crank angle
data (experiment 3 from the paper), since these values have not been published. This means that the
actual indicated efficiency from experiment 3 could be slightly higher or lower.

Table 5.2: The calibrated results in comparison to the results from the HCCI paper by Pochet et al. [23]
for various hydrogen concentrations.

47H 44H 38H 31H
Unit Model Pochet Model Pochet Model Pochet Model Pochet
FuelMEP [bar] 8.490 8.5 8.582 8.6 8.794 8.8 8.810 8.8
ni [-] 0.3146 0.315| 0.3064 0.307| 0.2948 0.295| 0.2897 0.29
Triax [K] 1480 1450 1464 1430 1412 1400 1389 1380
RCO [-] 0.7293 0.73| 0.7243 0.725| 0.7219 0.7221 0.7187 0.72

The calibration parameters include the crevice volume, xsg, p7, TDC synchronisation correction,
Twaii, air excess ratio and the heat loss coefficient (C; mentioned in Equation 5.6) to match the results.
The latter is based on the heat loss model developed by Hohenberg to determine the heat transfer coef-
ficient, which can be found in Equation 5.7. The temperature and pressure sensitive coefficient depends
on the engine in-cylinder dimensions and empirical data from heat loss experiments. Table 5.3 shows
the noticeable effect of the calibration parameters (on the left hand side) on the Fuel MEP, 1;, Tqx and
the RCO.

Table 5.3: The influences of the calibration parameters on the results.

FuelMEP 1n; Tpmax RCO

[ Xsg | 1
1 C, (Heat loss) T 1
1 TDC correction | |
T Twall l
1 Air excess ratio (1) 1 1

T VCrevices T T T
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Parameters based on reasonable assumptions

However, there are still many missing parameters left that have to be estimated based on assumptions.
The exact temperature for the cylinder wall, piston crown and cylinder head are not known and have
been assumed to be 352, 470 and 475 [K], respectively. For simplicity reasons, these temperatures have
been kept constant during the combustion cycle, which is in reality not true. In order to obtain more
accurate results, precise in-cylinder temperature measurements have to be conducted on the hydrogen-
ammonia fueled engine.

5.3.3 Heat release model

An HRR analysis for the in-cylinder combustion provides valuable information about the rate of the the
chemical energy that is being released. The combustion process inside the cylinder can be modeled as
a single-zone or multi-zone. The benefit of using a single-zone model lies in its simplicity, however, it
only provides information about the mean temperature per crank angle inside the combustion chamber.
Without proper modeling of the local in-cylinder hot spot temperatures, an accurate estimation of the
NOx formation rate cannot be fully determined. These temperature hot spots are regarded as the main
stimulus of excessive NOx formation.

For single-zone models, the injection, evaporation, mixing and combustion rates inside the control
volume are assumed to be equally the same [21]. However, this may give inaccurate results for ammonia
combustion, since we already know that the combustion rate of ammonia (because of its low propaga-
tion speed) is significantly lower than that of diesel fuel. Hence, if we want to consider the differences in
injection, evaporation, mixing, rate of combustion and include the crevice and quench layer zones, the
layout has to be extended to a multi-zone model. Zhong et al. [90] investigated the differences between
a single- and multi-zone model for HCCI combustion. According to his observations, the developed 9-
zone model has shown better performances in simulating the heat release processes and in predicting
the auto-ignition timing in contrast to a single-zone simulation.

In short, a multi-zone model is required to obtain heat release results that are close to the exper-
iments. However, because of the short duration of the thesis, a single-zone model has been adopted,
since it provides sufficient estimation of the thermodynamic process during combustion and the ac-
curacy of the model is already affected by the incomplete data set and the list of assumptions. In this
respect, having a more complex and fine tuned HRR model will not make any differences, if some of
these input parameters for the HRR model such as the crevice volume and the quenching zone still have
to be assumed because of the absence in experimental data.

Single zone heat release calculation

The heat release calculations are based on energy conservation by the first law of thermodynamic, which
means that the total energy in the system remains constant. Here, the heat release rate is reconstructed
with the help of the pressure trace and the physical principles (i.e. first law of thermodynamics and
the gas law) [91]. The total energy in the system consists of three components: the heat release from
combustion, the heat losses (Q;,s;) and the indicated work (W). Combining these components will lead
to the gross apparent heat release rate (GAHRR) as shown in Equation 5.3. The net apparent heat release
rate (NAHRR) can be directly calculated in from the temperature and pressure in the cylinder and ignores
the heat losses in the cylinder as shown in Equation 5.2. On the other hand, the accuracy of the GAHRR
heavily relies on the estimation model of the heat loss.

. . . art av
NAHRR:Qcomb_Qloss+Ef:m'cv'a"'p'a (5.2)
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and
. . art av .
GAHRR:Qcomb+Ef=m'CV'E‘i'p'E"'Qloss (5.3)

where, E ris the energy of the fuel, m is the in-cylinder mass [kg] and c, is the specific heat [k]/kgK].
Qcomp is the combustion heat rate, which is described as the time and temperature dependent heat input
by the fuel:

Qcomb = (uz{nb - Aucr‘ij:nb) & (5.4)

Where, u"%/ s the reference value for the internal energy, Au’/
comb comb
rameter and ¢ is the fuel combustion rate.
Dividing the GAHRR by the energy contained in the hydrogen-ammonia mixture will lead to the com-

bustion reaction rate (CRR):

is the temperature correction pa-

CRR—f—m'CU'%-Fp‘%—FQ‘lOSS (5.5)
T Ucomb T €f .

The integration of Equation 5.5 results in the reaction coordinate (RCO), which is one of the key param-
eters for the engine calibration. A concise overview of the mass balance, in-cylinder gas and the fuel
properties can be found in Appendix B3. The papers from Ding et al.[91] and Sapra et al. [32] can be
consulted for a more in-detailed explanation of the used HRR model.

5.3.4 Heat loss model

Because of the strong temperature influence on the auto-ignition process in HCCI engines, over- or
under-prediction of the heat transfer loss can already have a major impact on the start of combus-
tion and the shape of the pressure trace. Empirical heat loss models including the ones from Annand,
Woschni, Hohenberg, Chang, Hensel and Bargende are available for SI and CI engines, however, not
much is known about HCCI combustion. Due to the unfamiliar combustion process in HCCI engines,
it is expected that the heat transfer models developed for SI and CI engines are not applicable for HCCI
combustion. According to the HCCI experiments performed by Broekaert et al. [92], none of these ex-
isting heat loss models can provide accurate results without calibrating the scaling coefficient first for
which detailed heat flux measurements from experiments are needed. In this respect, the scaling coeffi-
cients have to be adjusted to highest measured heat flux value during base operation.

In order to achieve reasonable Woschni heat loss results, the coefficients C1 and C2 have to be cal-
ibrated to match the maximum heat flux during motored operation and fired operation, respectively.
Broekaert et al. [92] observed a significant decrease in C2 by a factor of 11 when using HCCI instead of
SI combustion. In addition, he also emphasised that the standard Woschni model becomes useless in
case the model coefficient a and b used for the compression and expansion phase are not modified for
HCCI combustion, even when the scaling coefficients are correctly calibrated. However, existing heat
loss models covering HCCI combustion are still overestimating the total heat loss by 14 to 68% for the
best and worst model, respectively [92]. The engine’s heat loss model has not been fully optimised for
hydrogen-ammonia HCCI combustion, because of the missing calibration coefficients. In future works,
implementing an accurate heat loss model in the in-cylinder model will contribute to more realistic
HCCI combustion results.

Heat loss calculations

The modified Woschni heat transfer coefficient for HCCI combustion can be written as follows:

C.
aw1()=Co- L~ U™ p(y™. T ()" D ™M=P) (G5 ¢y + — - L2 2 )™, (5.6)
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The Hohenberg heat transfer coefficient can be written as follows [93]:
ap(t)=Co- V() 2. p(n)°8. 7(1)"% . (¢, + 1), (5.7)

The coefficient C, in the heat loss model is adjusted to satisfy the energy balance at each operating point
and hydrogen-ammonia ratio. In the case of the Hohenberg model, the C, value ranges from 112.5 to
125. This is slightly lower than the mean value of 130 which had been experimentally determined by
Hohenberg himself on various engines that are ranging from 128 [mm] to 97 [mmy] bore [94]. The b
parameter in the Hohenberg equation addresses the combustion turbulence and the radiation losses
inside the cylinder. This constant is also derived from measurements for which Hohenberg found a
value equal to 1.4. In the case of the Woschni model, the m, g and p parameters have been chosen to
be 0.79, 0.62 and 0.75 respectively. It can be noted that the HCCI Woschni model is based on the time
dependent stroke (L) as the length scale, while the typical Woschni coefficient for conventional diesel
engines uses the constant bore diameter. From the experiments by Chang et al. [95], the Hohenberg
coefficient showed the closest similarity with the measured heat flux trace in case of HCCI combustion
and will therefore also be used in this in-cylinder model. The Woschni heat transfer model (Equation
5.8) for conventional diesel engines has also been investigated to observe to what extend the use of an SI
heat loss model will impact the HCCI in-cylinder model.

P‘POE

awa ()= Gy Dy PO T(0) 0D (Gt Gy 2
1 1

-T)™ (5.8)

Table 5.4: The results when applying different heat loss models.

Unit Paper Woschni Hohenberg Hohenberg+ Vi ey

FuelMEP [bar] 85 8.500 8.490 8.484
N [-] 0315 0.3145 0.3146 0.4162
Tonax [K] 1450 1479 1480 1722
RCO -] 0.73 0.7294 0.7304 0.7268

As shown in Figure 5.4a, the implementation of the crevice loss in the model resulted in a less down-
wards RCO curve at the start of combustion. However, after calibration the maximum in-cylinder tem-
perature and 7; still showed noticeably higher values in comparison to the results presented in the pa-
per. The reason could presumably be traced to the huge list of made assumptions that may negatively
influence the outcome of the crevice model. However, the crevice volume and quenching do become
more pronounced at higher ammonia fractions and are both also greatly influencing the combustion
efficiency. From the observations of Pochet et al. [2], the crevice volume and a quenching distance of
0.1 [mm] can already equal 7% and 5% of the total TDC volume, respectively. Hence, the addition of the
crevice loss will lead to a more realistic HCCI ammonia combustion model. However, the present heat
loss models without the crevice loss implementation have shown a greater fit after the calibration and
will therefore be used to answer the thesis objectives.

The value of the cumulative heat loss is constrained by the known calibration results including the
injected fuel (Fuel MEP), indicated efficiency and combustion efficiency. This explains the almost iden-
tical RCO, temperature slope and energy losses (as shown in Figure 5.5b), when comparing the results
of both heat loss models. While the enclosed area of the heat transfer coefficients are similar, the shape
of the SI Woschni correlation shows a higher peak value (Figure 5.5a). As a consequence, the latter has
shown a lower maximum temperature and a slightly retarded start of combustion (0.2 [CAD]) in contrast
to the HCCI Hohenberg correlation.
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Figure 5.4: (a) RCO as function of the crank angle for the Woschni and Hohenberg heat loss model. The
Woschni model that includes the crevice heat loss has also been included in the Figure and (b) shows the
temperature as function of the crank angle.
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Figure 5.5: (a) The heat transfer coefficient a as function of the crank angle for various heat loss models.
(b) Differences in energy losses between Woschni SI and Hohenberg heat loss results for a variety of
volumetric hydrogen concentrations. The difference can be interpreted as the relative change between

the x,r reference value (Woschni SI) and the x value (Hohenberg) using Difference = xr;fe;x -100.

It can be concluded that the SI Woschni model has shown to be inadequate for HCCI engines. Even
when the cumulative heat loss for both models were identical, the difference in shape between the heat
transfer coefficient () still had a major impact on the ignition timing of the engine. Especially for HCCI
combustion, the auto-ignition and combustion rates are closely coupled to the in-cylinder thermal con-
ditions.

IN-CYLINDER COMBUSTION MODEL
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Table 5.5: Effects of the heat loss models on the combustion characteristics (47H).

Unit Woschni Hohenberg Wosch + Vi),

CA10 [CAD] 180.70 180.40 178.30
CA50 [CAD] 183.69 183.29 180.49
CA90 [CAD] 194.09 193.99 190.60

5.4 In-cylinder results

As can be seen in the steep RCO curve (Figure 5.6a), the combustion event happens at a rapid pace. This
often results in pressure rise rates that can exceed 10 bar/ms, which is commonly the material limit of
the rings on the piston engine [96]. A blend of two fuels that have different auto-ignition properties is
therefore highly recommended for HCCI combustion. In this respect, one fuel would burn earlier than
the other which will result in a more spread out combustion duration.
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Figure 5.6: (a) RCO slope and (b) heat release rate curve for a range of hydrogen-ammonia fractions.

According to the model outputs, increasing the ammonia fraction will result in a more spread out
combustion event and also a noticeable retardation and decrease of the HRR and temperature peaks.
Retardation of the start of combustion (CA10) has also been observed at increased ammonia fractions,
in which CA10 starts at 180.69 [CAD] for 47% hydrogen and gradually increases to 186.19 [CAD] at 31%
hydrogen.

As mentioned earlier, it cannot be said how accurately the in-cylinder model is able to simulate the
combustion characteristics from the HCCI paper. While important parameters such as the 1;, Ncomb,
mpf and Tp,qy are closely calibrated, there can still be deviations in the combustion process (i.e. shape
of the RCO and HRR model). This uncertainty can also be explained when comparing the SI Woschni
and HCCI Hohenberg heat loss models. Here, both have shown the same cumulative heat loss per mg in-
jected fuel (end result), but the shape of the heat transfer coefficients (Figure 5.5a) are different (Section
5.3.4). As previously mentioned in Section 5.3.2, the value for 1; has been acquired from the same HCCI
paper, but from a different experiment (i.e. slight difference in equivalence ratio and a fixed CA50 cali-
bration). It has been observed that a decrease in the indicated efficiency minimises the drop of the RCO
during the compression phase. The magnitude of the drop in the RCO between 140 [CAD] and SOC can
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be explained by the last discussed aspects and the omission of the crevice losses (Section 5.3.4).
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Figure 5.7: (a) RCO slope in case the indicated efficiency has been decreased from 0.314 to 0.240. (b)
Normalised cumulative heat release graph for NG HCCI combustion [22].

The drop in the RCO curve during the compression stroke may be caused by the high inlet temper-
ature. As can be seen in Figure B.7a, the temperatures during the compression stroke are exceeding the
fixed wall temperature of 352 [K] from the heat loss model. As a result, we see a dip in the RCO curve,
which may be the result from the heat loss to the cooling water. The master thesis concerning NG HCCI
combustion by Boveroux et al. [22] (under guidance of Pochet, the author of the ammonia HCCI paper)
also observed a large negative value before reaching SOC (as depicted in Figure 5.7b).
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Figure 5.8: (a) Temperature slope for a range of hydrogen-ammonia fuel blends.
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Figure 5.9: (a) Pressure crank angle and (b) pressure volume diagram for different hydrogen-ammonia
blends.

5.5 Reflection

As mentioned in Section 5.3.2, the paper by Pochet et al. [23] performed multiple sets of experiments
(ranging from experiment 1 to 6) with the same engine, but with different operational conditions. From
these experiments, only a small portion of the results were published. In this respect, the indicated
efficiency values do correspond with the given hydrogen-ammonia ratio, but are not from the same ex-
periment as were we used the pressure crank angle data from (experiment 3 from the paper), since these
values have not been published. This means that the actual indicated efficiency from experiment 3 could
be slightly higher or lower.

To get a better understanding how accurately the in-cylinder model is able to predict the combustion
characteristics and to put the results in perspective, the in-cylinder results are compared with the 39H
fuel blend result from experiment 2 by Pochet [23]. Experiment 2 (39H data) has a slightly higher intake
temperature 0of 479 [K] in comparison to the temperature of 474 [K] used in the in-cylinder model, which
explains the earlier start and finish of the combustion as can be seen in Figure 5.10. From the graph, it
can be observed that the RCO slope CA10 to CA50 are almost identical, which may give an indication
that the results from the in-cylinder model are not that far off.
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Figure 5.10: Comparison between the cumulative heat release rate from the in-cylinder model (38H) and
the results (39H) from Pochet et al. [23]. Note: the heat release rate between the crank angles IVC and 174
[CAD] have been set to zero, since we do not know the exact values. In Figure 5.7b from Section 5.3.4,
Boveraux et al. [22] (under guidance of Pochet) observed a negative cumulative heat release rate for NG
HCCI combustion between IVC and SOC. Hence, for the 39H data, we may also expect a slight negative
heat release during the compression stroke.

5.6 Conclusions

The in-cylinder model has been developed with the notion to provide an in-detail simulation of the in-
cylinder HCCI combustion of hydrogen-ammonia fuel. The input parameters and pressure traces from
Pochet et al. [23] have been used to calibrate the model to obtain equivalent output results. In this re-
spect, the model has shown the same indicated efficiency, injected fuel mass, combustion efficiency and
in-cylinder temperatures that are reasonably close to the measured ones. However, as mentioned earlier,
many assumptions have been made during the development phase, which will affect the accuracy and
the trustworthiness of the model. With the current input data, it is difficult to say how accurately the
model is able to predict the hydrogen-ammonia combustion characteristic. Therefore, the main focus
of the model has been shifted more towards identifying different trends when adjusting the hydrogen-
ammonia ratio. In this respect, the combustion characteristics from four hydrogen fractions have been
modelled to investigate the optimal hydrogen-ammonia ratio during HCCI combustion.

The experiments conducted by Pochet et al [2] show that higher ammonia fractions do result in
higher concentrations of ammonia in the exhaust. It also shows that the combustion efficiency of ammo-
nia is primarily a function of the maximum in-cylinder temperature, rather than the hydrogen-ammonia
ratio as can be seen in Figure 5.11. However, higher ammonia fractions are indirectly responsible for the
combustion efficiency, since high maximum temperatures are more difficult to be achieved at higher
ammonia ratios as can be seen in Figure B.7a. High ammonia fractions on the other hand will broaden
the controllability and also enable the engine to run on higher loads. Therefore the optimal ammonia-
hydrogen ratio has to be preferably as high as possible, keeping the combustion event spread out, while
maintaining a maximum temperature above 1400 [K] to keep the unburned ammonia ratio to a mini-
mal. In addition, a lean inlet mixture is preferred to maximise the fuel consumption efficiency and also
to mitigate the fuel losses in terms of leakage at the cost of a relatively lower maximum power output
[97].

The low fuel burnt fraction as shown in Figure 5.6a is still a major issue that has to be solved, since

IN-CYLINDER COMBUSTION MODEL
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Figure 5.11: (Left) exhaust ammonia and (right) unburned ammonia ratio as functions of the ammonia
fraction from ammonia hydrogen HCCI experiment conducted by Pochet et al. [2].

ammonia is harmful to the environment. Ideally, we want the same amount of unburned ammonia
and produced NOx particles in the exhaust that will neutralise each other inside the SCR. This is further
elaborated in Section 8.3. Another proposal is to use EGR, in which a portion of the exhaust gas has to
go through an ammonia cracking catalyst (mentioned in Section 2.3) to increase the hydrogen content
before recirculating back to the inlet. In this respect, less hydrogen is needed from the SOFC’s anode-off
gas. In addition, exhaust gas re-circulation (discussed in Section 7.3.4) could play a role in satisfying the
inlet temperature requirement of 473 [K]. The relatively cold air from the turbocharger could then be
mixed with a portion of the exhaust gas that has a temperature expected to be slightly above 600 [K].

At last, the author of the HCCI paper [23] emphasised that the test engine was not optimised for HCCI
combustion, which may explains the poor combustion efficiencies. Pochet et al [2] is recently conducting
ammonia experiments on a new test engine that has a significantly higher compression ratio (22:1 vs
16:1). His results are not published yet, but we can expect better engine performances and significantly
lower fractions of unburned ammonia.

The conclusions drawn from the in-cylinder model design are as follows:

* The cumulative heat loss is constrained by the Fuel MEP, n; and the combustion efficiency. Be-
cause of this, both the ST Woschni and HCCI Hohenberg heat loss models have shown almost sim-
ilar engine performances after the calibration.

» However, since both heat loss models do have a different heat transfer coefficient shape, the HCCI
Hohenberg coefficient shows an earlier CA10 (180.69 vs 180.99 [CAD]) and a slight higher T},
(1480 vs 1479 K). Thus, the application of an SI heat loss model to simulate HCCI combustion will
lead to a noticeable difference in combustion characteristics.

* Crevice heat losses have been neglected in the model design, since the addition of the latter made
the model unable to obtain the identical results as presented in the paper. For future models, both
the crevice and quenching losses have to be considered to obtain a more realistic ammonia HCCI
combustion representation.

In addition, several hydrogen-ammonia fractions have been modeled and observed. The trends in
combustion characteristics when lowering the hydrogen content are listed below:
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* Decreasing the hydrogen content from 47H to 31H showed a noticeable retardation in the CA10
(180.69 versus 186.19 [CAD]). In addition, the indicated power output also drops with 4.5% (from
1.66 to 1.58 [kW]). The only slight decrease in power can be owed to the increase in injected fuel at
higher ammonia ratios, since the AFR of ammonia is much smaller than for pure hydrogen (34.32:1
vs 6.06:1 mentioned in Section 3.6).

e Furthermore, the combustion efficiency reduced slightly, when decreasing the hydrogen content.
At 31H, the maximum in-cylinder temperature falls below 1400 [K], which indicates that further
decreasing the hydrogen content will negatively impact the combustion efficiency.

* The hydrogen fraction highly influences the maximum peak of the heat release rate. In this re-
spect, decreasing the hydrogen ratio will result in a lower and more evenly spread out HRR curve.
This is beneficial for HCCI engines, since large peaks in the HRR induce large stress on the engine
materials.

In conclusion, hydrogen-ammonia combustion inside HCCI engines is a novel concept that still re-
quires lots of real scale experiments to find the optimal engine geometry and hydrogen concentration.
More recently, Lhuillier et al. (March 2020) [98] published a paper concerning hydrogen-ammonia com-
bustion inside an SI engine. While his experiments have shown high indicated efficiencies that are ex-
ceeding 0.35 for 40% vol hydrogen at stoichiometric mixture, the power density has been observed to
be considerably lower than that of the HCCI engine. In this respect, the IMEP and Fuel MEP of the
38H HCCI engine are, respectively, a factor 2.9 (0.85 [bar] vs 2.573 [bar]) and 3.7 (2.4 [bar] vs 8.8 [bar])
greater than the values from the SI paper [98]. However, the hydrogen-ammonia HCCI test engine is still
lacking in power density, when compared to fossil fueled diesel engines. Conventional natural aspiring
diesel engines are typically operating at M EP values ranging from 5 [bar] to 6.2 [bar], which is more
than doubled in contrast to the HCCI engine. An overview of the results for various hydrogen-ammonia
ratios can be found in Table 5.6.

Table 5.6: Overview of the in-cylinder modelling results for a range of hydrogen-ammonia blends.

Unit 47H 44H 38H 31H

CAl0 [CAD] 180.40 181.49 184.39 185.79
CA50 [CAD] 183.29 184.49 188.20 189.80
CA90 [CAD] 193.99 195.80 197.50 197.90
IMEP [bar] 2.651 2.610 2.573 2.532
Indicated power output [kW] 1.655 1.610 1.606 1.581
LHYV fuel (MJ/kg] 27.125 26.144 24.422 22.737
fuel burnt mass [mg] 11.400 11.871 12.980 13.907
Injected fuel mass [mg] 15.631 16.390 17.980 19.350
RCO [-] 0.7293 0.7243 0.7219 0.7187
Maximum temperature (K] 1480 1464 1412 1387

Indicated efficiency [-] 0.3146 0.3064 0.2948 0.2897

IN-CYLINDER COMBUSTION MODEL
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Chapter 6

Engine scaling

6.1 Chapter overview

Experimental research concerning in-cylinder hydrogen-ammonia HCCI combustion characteristics are
scarce. The latter is especially true for marine sized engines since there are no large scale experiments
available in the literature. As a result, the in-cylinder model in Chapter 5 has been developed using
the data from an automotive sized engine. From the model, we see that the indicated power output is
limited to 1.655 [kW] for a 47H fuel blend. However, the power output for marine sized engines are
multiple times higher. In this chapter the geometry of the engine used in the in-cylinder model will be
scaled to a truck sized engine with the help of the scaling laws that are available in the literature.

In Section 6.2, the methodology of the engine scaling will be briefly discussed. After that, the Speed
Law, Pressure Law and the Lift-off Law will be further elaborated in Section 6.3. The assumptions and
simplifications will be discussed in Section 6.4. Since the surface area to the displacement volume ratio
is higher for smaller engines, relatively lower heat losses can be expected for the scaled engine. The dif-
ferences in relative heat losses become more pronounced when we have to scale the automotive engine
to a truck sized engine. Hence, a heat loss calibration mentioned in Section 6.5 to 6.7 is necessary to ob-
tain matching cumulative heat losses per mg inject fuel between both engines. The calibration is crucial
since we made the assumption of similar combustion characteristics.

6.2 Introduction

TNO is developing a modular 1-cylinder setup for truck and inland shipping applications that enables
the test engine to have a wide range of customization options. The baseline geometric (i.e. stroke, bore
and cylinder head) is largely based on the DAF MX 11 engine in which the maximum stroke length is
set to 170 [mm]. The main research focus of this 1-cylinder setup is to get a better understanding of
the combustion concepts when using different fuels and fuel blends. Ammonia is in this respect an
interesting carbon free alternative in which the concept has proven to work on small scaled internal
combustion engines. Based on the engine dimensions and specifications, the design power output of
the 170 [mm] stroke test engine has a target design power output of 50 [kW] when fueled with fossil
fuel. This will most likely be lower for hydrogen-ammonia fuel blends because of the low volumetric fuel
density of hydrogen, hence less fuel can be injected into the cylinder.

As previously stated in Chapter 3, experiments on hydrogen-ammonia fueled HCCI engines are
scarce and have mainly been based on automotive sized engines. In this Chapter, the car sized HCCI
engine setup (88 [mm] stroke) that has been used in the in-cylinder model (Chapter 5) will be enlarged
to atruck sized 170 [mm] stroke variant with the use of existing engine scaling laws. The emphasis in this
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study does not lie in the accuracy of the scaling results, since there is no experimental data to validate
the results from the scaling output. Here, the modelling results may give a first impression what we can
expect the engine power output, in-cylinder process, fuel mass flow and engine performances to be for a
truck sized hydrogen-ammonia fueled HCCI engine. The scaling model uses the in-cylinder model from
Chapter 5 as the baseline for the engine modelling. Here, the engine dimensions (Section 6.3) and the
heat losses (Section 6.5) have been proportionally scaled based on the scaling factor L.

Future large-scale experiments by TNO on ammonia fuel will unveil the real combustion character-
istics in a 170 [mm] stroke engine. In a later stage, TNO Helmond might also look into the hydrogen-
ammonia fueled SOFC-ICE combination as mentioned in Section 1.1.4. This concept could potentially
enhance the overall efficiency output of the engine system on-board of ammonia fueled ships.

6.2.1 Introduction scaling laws

Based on relatively simple criteria, the scaling laws have been observed to be the most effective when
two conditions are met. Firstly, the geometric similarity have to be maximised, so that both engines
have similar boundary conditions. In this respect, the bore, stroke, piston bowl shape, squish height
and the resulting compression ratio have to be relatively scaled for both engines. Secondly, matching
combustion characteristics are needed to achieve similarity in engine performances and emissions. This
means, the same initial conditions (i.e. inlet pressure and temperature) and initial flow conditions such
as the swirl ratio for both engines.

Three scaling laws have been proposed, the speed law (S Law) by Chikashisa et al. [3], lift-off law (L
Law) by Stager et al. [4] and the Pressure law (P Law) proposed by Bergin et al. [5]. However, in case of
HCCI combustion, most of the scaling parameters such as the spray penetration length, mixing spray,
fuel spray distribution, injection timing and many more become irrelevant and have to be neglected in
the modelling process. However, these scaling parameters are crucial for conventional diesel engines,
because of the limited mixing time (diffusion combustion) which is not the case for premixed combus-
tion strategies. This chapter also includes L? engine speed scaling, which uses the same assumptions
and simplifications mentioned in Section 6.4. Specifically speaking, this engine speed scaling is not a
scaling law, since L? engine speed scaling will not result in similar combustion phasing with the baseline
engine [99]. In this respect, L? scaling will only lead to matching heat transfer losses per mg injected fuel
between the baseline and the scaled engine. Hence, L? engine speed scaling has only been evaluated in
the heat loss scaling in Section 6.5.

In addition, most of the proposed scaling laws have been experimentally proven to work well for
small differences in bore ratios [100], but have not yet been accurately tested for automotive engines
that are scaled into marine sized engines. In this respect, the output values of this scaled engine model
cannot be verified. The proposed scaling laws have their own advantages and weaknesses and have to be
selected according to the preferred requirements. The scaling parameters for the three different methods
can be found in Table 6.1.

6.3 Speed, Pressure and Lift-off scaling laws

For all three scaling laws, the scaling factor L is based on the size of the engine bore (L = g—i; =1.93). As
a consequence, the same relative dimensions at TDC can be expected. Since A (3.4 for 47H) has been
kept constant for both engines, the same relative scaling of my and mg;r and equivalence ratio can be
expected.

11 is the scaling factor based on the size of the engine bore (L = %) mentioned in Section 6.3.
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Table 6.1: Overview of the geometric scaling results for the three scaling laws in which Sf shows the
proportion of the scaling factor.

Unit Engine SLaw Sf LLaw Sf PLaw Sf

Bore [mm)] 85 164.2 L' 164.2 L' 1642 L!
Stroke [mm] 88 170 L' 170 L! 170 L!
Stroke bore ratio [-] 1.035 1.035 L° 1.035 L° 1.035 L0
Compression ratio [—] 16 16 I° 16 L° 16 L°
Connecting rod [mm] 145 280.1 L! 280.1 L! 280.1 L!
TDC volume [em®]  33.29| 240.00 I3 240.00 I3 240.00 I3
Displacement [cm3] 499.36| 3600.05 L3 3600.05 I3 3600.05 L3
Surface volume ratio [-] 0.5842| 03024 L' 03024 L' 03024 L7!
IVC (BTDC) [CAD] 157 157 L° 157 L° 157 L°
EVO (BBDC) [CAD] 20.1 20.1 I° 20.1 I° 20.1 I°
Engine speed [rpm] 1500 1500 L° 77647 L' 12044 L3
. HCCI Optimising
Geometric and in-cylinder model for Verification
injected fuel <¢—— model based several — I
S on small hydrogen results
engine ammonia ratios
\J
Speed scaling
defined by the
three scaling
laws ) HC_CI
| Similar nlrr;ﬁc;h;:se;d
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|
| | | o oy
* I Indicated power output
Ammonia mass flow
In-cylinder heat loss tempe\l"z\;?lljlre and C%ﬁl;ﬁgteigr:n;?iscif::\vgy
model for each ~——> calibration —> heat loss Indicated efficiency
scaling law coefficient thermodynamic efficiency

modification

Figure 6.1: Flowchart overview of the steps taken in the creation of the scaled HCCI engine model.

First, the Pressure Law in which the engine speed is scaled to L3 has shown matching combustion
characteristics and engine performance scaling at the cost of a larger difference in emissions [101]. How-
ever, this scaling law may not be useful for HCCI combustion, since the engine speed is scaled in such
a way to achieve the same injection duration on a crank angle basis. The latter is beneficial for conven-
tional diesel engines to obtain the same pressure crank angle distribution and specific indicated work
(mf KV,;%”) that are scale independent [25].

Chuahy et al. [99] suggested to modify both engine models accordingly to achieve equivalent brake
thermal efficiencies (BTE). In order to do this, both the combustion characteristics and heat transfer
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& friction losses have to be equally scaled. However, due to the different characteristics of the latter
two losses, both cannot be matched simultaneously with the engine bore [99]. The engine speed for
the scaled engine has to be scaled to L? to obtain matching heat transfer losses per mg injected fuel
between the scaled and baseline engine [99]. The Lift-off scaling (L. Law) on the other hand scales the
friction mean effective pressure (FMEP) better, since the mean piston speed (c;;) has been kept constant.
However, L Law scaling might not be the best method for HCCI combustion, since the latter has been
primarily based to keep the flame lift-off length scaled [25].

The S Law (equal time scaling) is often restricted by the design limitation (structural strength) of the
engine. This is due to large inertia forces as a result of the increased piston speed (c;;). However, because
of the same engine speed, the combustion phasing of both engines can be matched, which enables the
combustion process to happen at the same crank angle time basis. The latter is important for HCCI
and RCCI engines since both combustion characteristics are dictated by the chemical reaction rates [99].
Small changes can already have large consequences on the start of ignition.

The scaling models are all based on the assumption of the same thermodynamic conditions. How-
ever, in reality, the smaller engine will have a slightly higher pressure peak because of the relatively higher
heat transfer losses for the same HRR distribution. As can be seen in Table 6.1, the ratio surface area to
the displacement volume is greater for the smaller engine, which results in relatively larger convection
heat loss through the cylinder walls. Finding two engines that share exactly the same relative geomet-
ric dimensions can be difficult. Especially since automotive engines have a different geometry layout in
comparison to marine sized engine. Small variations of the piston bowl shape and swirl ratio can eas-
ily affect the flow field inside the cylinder, which can already lead to a noticeably different combustion
characteristic between both engines.

Shi et al. [25] emphasised the importance of matching the thermodynamic conditions at TDC for
both engines that is required to reproduce almost the same combustion characteristics. These initial
conditions at the start of combustion cannot be easily matched in case the stroke to bore ratio and con-
necting rod length are not proportionally scaled. Marine engines typically have larger stroke to bore
ratios in contrast to automotive engines, since they are running at lower engine speeds. The baseline
engine for the model scaling has a stroke to bore ratio equal to 1.035. This ratio however, has to stay
fixed during the engine scaling, otherwise equivalent initial conditions and pressure traces between
both engines cannot be maintained. Such design constraints will result in a less optimal brake power
configuration for the scaled engine. However, ignoring these constraints will lead to a noticeably less ac-
curate representation of hydrogen-ammonia HCCI combustion. Therefore the geometrical similarities
between the baseline and scaled engine have been maximised as much as possible. A list of suggestions
to enhance the power output of the scaled engine can be found in Section 7.3. All in all, the effectiveness
of the scaling laws decreases with the increase in the scaling factor L. This is caused by the cylinder’s sur-
face to volume ratio that becomes smaller when enlarging the engine, which will result in a reduction of
its relative heat loss. For the scaling factor of 1.93, large differences in heat loss characteristics have been
observed, which negatively impacted the accuracy of the scaled engine model. Hence, it is not recom-
mended to further enlarge the scaled model engine’s stroke length of 170 [mm] to an even larger marine
sized engine, since the combustion characteristics between both engines will otherwise be too far apart.

6.4 Assumptions and simplifications L Law, S Law and P Law

1. The engine has to be scaled accordingly to ensure similar relative geometric dimensions. This also
means a scaled version of the piston bowl shape to maintain the same swirl ratio. The scaling factor
for each geometric engine component can be found in Table 6.1.

2. Similar inlet valve closing (IVC) and exhaust valve opening (EVO) timings are required to maintain
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the same effective compression ratio. Keeping the same CR for the scaled engine is necessary to
match the thermal efficiency between both engines. In addition, increasing the CR will also cause
higher temperatures and peak pressures for a given initial condition.

3. The scaled engine model uses the same initial conditions at (IVC) and pressure crank angle dis-
tribution for all scaling laws. However, for HCCI engines, changes in the engine speed will likely
impact the pressure distribution. In this respect, the slower engine speed from the L Law is ex-
pected to cause an earlier start of combustion that will lead to a different pressure distribution in
comparison to the baseline engine.

6.5 Heatloss scaling

According to the single value principle, the amount of heat released should be proportional to the in-
cylinder volume (L?), while the heat transfer is proportional to the surface area (L?) [101]. Smaller en-
gines have in contrast to larger engines relatively greater surface to volume ratios as can be seen in Table
6.1. As a result, smaller engines are subjected to proportionally larger convective heat transfer losses,
which translates to a lower pressure rise rate and peak cylinder pressure. Because of this, the emissions,
in-cylinder temperature and pressure traces between both engines cannot be fully scaled without ad-
ditional heat loss calibration. The latter is important since we do not have the pressure crank angle
distribution for the larger engine and as mentioned before, the pressure traces of the scaled engine are
close to the baseline engine when scaled properly. Hence, if the scaling law requirements including simi-
lar relative geometric dimensions are met and when the combustion characteristics are almost identical,
the same pressure data can be used for both engine. Chikahisa et al. [3] proposed a strategy to obtain the
same relative heat transfer loss effect between both engines. Equation 6.1 shows the condition that has
to met in which Ty,,;; has to be controlled to obtain the same results between both engines [3]:

a
— (T = Tya1) =constant (6.1)
Up

Where « is the heat transfer coefficient and 1 is the mean piston speed (c;;). Since the Hohenberg heat

transfer coefficient is dependent on V (¢) while the Woschni coefficient uses D, both models have been

investigated for the heat loss calibration. As can be seen in the Equations 6.2 and 6.3, u% scales propor-

tionally to (D- ug)_(l_m) and V (r)~9-06. U, (1= £5r the Woschni and Hohenberg coefficients, respectively.
The complete formulations for the Woschni and Hohenberg heat loss coefficients can be found in Sec-
tion 5.3.4.

Awoschni < D™ ¢ o p=A=m) gy m 6.2)

and
X Hohenberg X V(t)_o'% : C:Z X V(t)_o'% : u6”. (6.3)

For both models the heat transfer coefficient increases when 1y decreases. Because of this, T,,,;; has
to be adjusted accordingly to achieve equivalent heat transfer affects that correspond to the change in
size and engine speed. Zhou et al. [101] observed respectable similarities in ignition delay, in-cylinder
pressure traces and normalised HRR at light load, after scaling the accumulated heat transfer losses for
the S Law. His results are also in alignment with the theoretical analysis of same speed scaling in where
premixed combustion dominates the heat release process [102]. The theory shows that the Damkohler
number (Daj) should be kept the same for both engines to enable similarity in premixed combustion.
To achieve similar Da; values, both engines have to run on the same engine speed.

Another suggestion by Shi et al. [25] is to decrease the intake temperature of the larger engine. The
latter compensates the relatively lower heat loss by scaling T;,, to achieve equivalent motoring pressure
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traces for both engines. The reason for calibrating the motoring pressure instead of the firing pressure
lies in obtaining the same thermal conditions at the start of the combustion process. However, the author
emphasised that a huge intake temperature difference can affect the initial thermal conditions signifi-
cantly, which may result in different ignition delays and combustion characteristics. The major change
in combustion characteristics when altering the inlet temperature has also been observed during the
parametric study in Section 7.7.4. As can be seen in Figure C.17b from Appendix C?, the reduction in
the intake temperature lead to a lower pressure peak and a retardation of the SOC crank angle. Hence,
the alteration in combustion characteristics after the inlet temperature calibration have shown to be too
significant too make the assumption of similar combustion characteristics between both engines.

Table 6.2: Hohenberg convective heat transfer loss for 47H and 31H.

Unit Baseline SLaw Sf PLaw Sf LLaw Sf 2 sf

Heat loss 47H  [k]/cycle] 0.116| 0588 I*>*7 0632 1> 0740 L[>8 0994 [3%
Heatloss 31H [kJ/cycle] 0.130| 0.662 L>* 0712 1> 0835 1?8 1118 1326

It can be observed from Table 6.2 that the heat loss scaling factors from the L Law and S Law have
shown, respectively, the closest and worst results (L28! and [2* for 47H) when compared to the ideal
scaling factor of L3. This is in agreement with the theoretical correlation as shown in Equation 6.3, in
which the scaling model with the largest increase in c;, (i.e. S Law) will lead to the lowest relative heat
loss value. In addition, the conducted scaling experiments by Tess et al. [103] which are L2, 1?64, [2:79
for the S Law, P Law and L Law, respectively also showed that the differences in the heat loss scaling
becomes more pronounced for the S Law in comparison to L Law.

6.6 Scaling results before heat loss calibration

The baseline engine has a mean piston speed (c;;,) of 4.4 [m/s] which is on the narrow side, since low-
speed engines are typically running at 8 [m/s] and medium to high-speed engines at around 9 to 12
[m/s] [104]. In addition, the mean indicated pressure of 2.651 [bar] is noticeably smaller in contrast to
conventional natural aspiring engines that are typically operating at p,;,, values ranging from 5 to 6.2
[bar] [104]. Hence, when assuming a mechanical efficiency equal to 0.9, the p,,. value of the HCCI
engine will become 2.39 [bar]. The mean effective pressure (P, can be determined from Equation 6.4.
W; _ M

IMEP =P,,; = —

(6.4)
Vs NMm

An overview of the scaling results®can be found in Table 6.3 in which the S Law (constant [r pm] scaling)
and the L? engine speed scaling has set to be the upper and lower engine limit, respectively. In this re-
spect, the application of the S Law is frequently limited by its high mean piston speeds that may exceeds
it material limits, while L? engine speed scaling leads to a very low engine power output.

The wear index introduced by the authors Klein Woud and Stapersma [104] can give us an indication
how the engine wear of the baseline engine is affected by the engine scaling. As shown in Table 6.3, when
utilising the L? engine speed scaling, the wear index has the same value as the baseline engine. The S
Law engine scaling on the other hand lead to the greatest increase in wear index.

Wear index=1-Dp-Pme-Cm (6.5)

2Appendix C contains the results from the parametric study performed in Chapter 7.
31t has been assumed that the pressure trace from the scaling laws are similar to the baseline engine.
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Table 6.3: Overview of the results of the scaling laws in which Sf shows the proportion of the scaling
factor in comparison to the baseline engine. The values are depicted in orange when identical results
have been observed in contrast to the baseline engine. The values coloured in green show the closest
resemblance to the ideal scaling results, which are L3 and L° for m,, f,cycle and RCO, respectively.

Unit Baseline SLaw Sf PLaw Sf LLaw Sf I?> sf
Cm (m/s] 4.4 85 L 6.825 L3 L0 2278 L1
Mpf [g/s]  0.143] 0915 L*82 0.751 L*** 0.510 L' 0295 L"1°
Mpfeycle Mgl 11.4| 7322 1*% 7481 [*°' 7878 [*% 8799 L3V
RCO -] 0.731 0.650 L7%17 0664 L7%% 0.699 L7006 o781 [010
Mg injected Mg 156 112.68 139 11270 139 11266 I390 112,66 [300
Wearingex bar] 0.89 3.33 [200 2.68 L7 1.73 L! L0

As can be seen in Table 6.4, the indicated power output is highly influenced by the change in engine
speed while the injected fuel mass, indicated efficiency and the I M EP remained almost the same for all
scaling methods.

Table 6.4: The results of the three scaling laws in which Sf shows the proportion of the scaling factor.

Unit Baseline SLaw Sf PLaw Sf LLaw Sf

P; (kW] 1.64| 11.93 390 9.58 257 6.18 I?
ni -]  0.3146| 03147 L 0.3147 L° 0.3147 L°
Fuel MEP [bar] 8.49 849 I° 8.49 I° 8.49 I°
IMEP (bar] 2.651| 2651 IL° 2.651 L° 2.651 L°

The in-cylinder volume and total trapped mass are both scaled by L. As can be observed in Equation
8.2, when keeping identical pressure traces for both engines, the temperature per crank angle distribu-
tion remained mostly the same as can be seen in Figure 6.2b.

pP.v
T=—— (6.6)
m-R
As shown in Table 6.4, a reduction in the RCO has been observed for the scaled engine. This is caused
by the pressure trace that has been kept the same for both engines. In this respect, the noticeable lower
in-cylinder surface to volume ratio of the scaled engine (as shown in Table 6.1) resulted in a lower heat
loss per mg injected fuel. Since the injected fuel mass is proportionately scaled, less fuel is being burnt
in order to satisfy the identical pressure trace constraint between both engines. As can be observed in
Figure 6.3b, The L Law has shown the smallest difference in heat release rate per mg injected fuel with
the baseline engine out of the three scaling laws.

The overall efficiency of the engine can be seen as the the work output divided by the total heat input
[104]:

Ne=MNcomb Mg Ntd"Nm (6.7)

Where, the combustion efficiency (1.0mp) includes the energy losses due to incomplete combustion.
Next, the heat input efficiency (1) includes the heat losses to the walls and cooling water. The thermo-
dynamic losses during compression and expansion are defined in the thermodynamic efficiency (4)
[104]. The noticeably higher thermodynamic efficiency of the HCCI engine in contrast to the NG result
from Harsh [32], as shown in Table 6.5, can be attributed to the difference in compression ratio and the
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Figure 6.2: (a) RCO slope and (b) temperature crank angle distribution for the S, P and L scaling laws.
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Figure 6.3: (a) A comparison of the S Law and the baseline engine HRR curves. (b) The heat release rate
distribution for the S, P and L scaling laws.

HCCI combustion properties. Lastly, the mechanical efficiency (1,,) is assumed to be 0.9 for both the
large and small engine. This is in reality not true, since 1,, generally reduces when operating the engine
at lower engine speeds [104].

The Figures 6.4a and 6.4b show the total energy losses for a range of hydrogen concentrations for
the baseline engine and the scaled S Law engine, respectively. For the distribution of the energy losses,
Qy is assumed to be equal to the injected fuel mass times the LHV of the fuel. Qcop is the heat release
from the combustion. Q;, is the heat that is being used for the cycle process and can be obtained by
subtracting the heat losses from the cooling water and lubrication oil from Q;;. At last, the parameters
W; and W, are the indicated work and the work output of the engine, respectively [104].

The efficiency losses from the baseline and S Law scaled engine can be found in Table 6.5. Here,
the results from the spark ignited hydrogen-NG experiments by Harsh [32] have also been included for
comparison. The engine results from Harsh showed a lower thermodynamic efficiency in comparison to
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Figure 6.4: (a) Energy losses of the small HCCI engine as function of the volumetric hydrogen concentra-
tion. (b) Energy losses of the large scaled engine (S Law) as function of the volumetric hydrogen concen-
tration.

the hydrogen-ammonia results from the scaled S Law engine model. On the other hand, the hydrogen-
NG engine showed a higher 1.4, and 14, which explains the noticeably greater 7.

Table 6.5: Energy loss distribution in case of hydrogen-ammonia combustion for the small & scaled ver-
sion of the HCCI engine and the hydrogen NG SI engine used by Harsh as a comparison [32]. Note: the
efficiency results from the S Law engines are from before the heat loss calibration (that will be discussed
in Section 6.7.1).

Ncomb Ng Nta Nm Ne
20H NG Harsh 0.996 0.802 0.510 0.9‘ 0.366

31H small-engine  0.713 0.585 0.689 0.9| 0.259

47H small-engine  0.724 0.623 0.692 0.9| 0.281
31H S Law 0.628 0.667 0.686 0.9| 0.259
47H S Law 0.645 0.702 0.690 09| 0.281

As can be seen in Table 6.5, 1, becomes greater when scaling up the engine size. Arisawa et al. [105]
reported similar findings in his numerical study on the S Law. The increase in 174 could be attributed to
the decrease in heat transfer loss because of the decrease in surface volume ratio. The model is based
on the key assumption that the initial conditions and the pressure distributions between both engines
remain the same. For the S Law model, a small retardation of the start of combustion (CA10) and a slight
higher normalised HRR curve compared to the baseline engine have been observed. The differences are
caused by the mismatch in the relative heat loss between both engines.
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6.7 Best Scaling law for HCCI combustion

While the L Law has shown the closest similarity in the heat loss scaling factor, the reduction in engine
speed is expected to cause an earlier start of combustion leading to a different pressure distribution and
therefore also an alteration in combustion characteristics. The impact of the engine speed has been
investigated as part of the parametric study in Section 7.7.2. From Figure C.13b in Appendix C, it can
be observed that the pressure peak has shown a noticeable increase when reducing the engine speed
from 1500 [r pm] to 1000 [r pm]. Hence, the L Law engine, which operates at 776 [r pm] cannot meet the
scaling requirement of identical combustion characteristics with the baseline engine.

The S Law on the other hand showed the least favourable heat loss scaling factor, however, the com-
bustion characteristics are largely unaffected because of the unscaled engine speed. As a result of the
large difference in relative heat loss, the S Law showed a retardation of the CA10 from 180.40 [CAD] to
180.70 [CAD]. Matching the heat transfer losses between the S Law and the baseline engine is still a
major obstacle that has to be solved to achieve equivalent overall engine performances. Decreasing the
wall temperature has shown respectable results in the literature, however, this method requires a ther-
mal system management strategy, when applied on a real case scenario [106, 101]. In this respect, Ty, 41;
that can be controlled by the cooling water has to be scaled accordingly to ensure the same cumulative
convective heat transfer loss per mg injected fuel for both engines.

6.7.1 Scaling results of the S Law after heat loss calibration

Because of the large difference in relative heat loss between the S Law and baseline engine as can be ob-
served in Figure 6.5a, additional heat loss calibration is necessary for the scaled engine to obtain almost
similar combustion characteristics. In this section the cumulative heat loss will be calibrated by reducing
the in-cylinder wall temperature (Ty,4;1)-
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Figure 6.5: (a) Cumulative heat transfer loss per mg injected fuel as a function of the crank angle for the
three scaling laws; and (b) the S Law cumulative heat transfer loss per mg injected fuel as a function of
the crank angle for several T}, ,;; temperature reductions.

The heat loss coefficient (C») changes during the engine scaling, since the value of this coefficient
highly depends on the shape of the combustion chamber (i.e. piston bowl shape) and the magnitude and
direction of the intake swirl [94]. However, these values are unknown for the scaled engine. In case the C»
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coefficient has been kept the same during engine scaling, unrealistic wall temperature reductions were
necessary for the heat loss calibration as can be seen in Figure 6.5b. The baseline temperatures for the
cylinder wall, piston crown and cylinder head are 352, 470 and 475 [K], respectively. As can be observed
in Figure 6.6b, the 150 [K] temperature reduction showed an over prediction of the calibrated heat loss
model in the cumulative heat loss per mg fuel during the compression stroke, while it under predicted
the cumulative heat loss per mg fuel during the combustion phase. This means that the performed heat
loss calibration while keeping the same C, coefficient is not able to fully simulate the same heat loss
characteristics with the baseline engine. The (C,) coefficient contributes to the shape of the cumulative
heat loss curve and since this value is not known the exact shape of the cumulative heat loss per mg fuel
as function of the crank angle will also remain unknown. Hence, modifying the wall temperature while
keeping the C, coefficient similar is only able to correct the cumulative heat loss per mg injected fuel,
while the shape of the heat loss per crank angle remains unknown.

However, for the scaling laws to work effectively, the heat loss characteristics between both engines
have to be matched in order to use the same pressure traces for both engines. From the large differences
in heat loss between both engines, it can be assumed that the scaling factor of 1.93 (mentioned in Section
6.3) may be too large to make the assumption of similar combustion characteristics. In the literature, the
scaling laws have shown to be the most effective for small differences between the engine’s dimensions.
in order to use the scaling factor of 1.93, we have to make another assumption that the C, coefficient
increases from 122.5 to 155 (for 47H). The change in C, and a 50 [K] reduction in the wall temperature will
lead to an almost identical cumulative heat loss curve with the baseline engine as can be seen in Figure
6.5b. However, engine experiments are necessary to find out whether the assumption of an increase in
C, when up sizing the engine geometry for HCCI combustion is correct.

All in all, since we do not have experimental data for the scaled engine, we can only speculate that
if the temperatures of Ty, 4;; can be sufficiently cooled down, the same overall relative heat loss can be
expected between both engines.
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Figure 6.6: (a) RCO slope and (b) normalised HRR curve for various T,,,;; temperature reductions.

6.8 Conclusions

* Matching the heat transfer losses between the S Law and the baseline engine is still a major ob-
stacle that has to be solved to meet the equivalent overall engine performance constraint. This
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is necessary, since there is no pressure trace data available for the scaled engine. Hence, the as-
sumptions of an increase in the C, coefficient and a reduction in wall temperature are necessary
to meet the requirement of similar heat loss characteristics between both engines. Decreasing the
wall temperature has shown respectable results, however, this method requires a thermal system
management strategy when applied on a real case scenario. In this respect, T,,,;; that can be con-
trolled by the cooling water has to be scaled accordingly to ensure the same overall cumulative
convective heat transfer losses per mg injected fuel for both engines.

» The exact shape of the heat loss curve is unknown for the scaled engine, since the C, coefficient
changes when enlarging the engine. In this respect, the scaling laws are more accurate for small
differences in bore ratio between the baseline and scaled engine. Hence, it is not recommended
to scale an automotive sized engine to a marine or truck sized variant, since this will affect the
accuracy of the scaled model that is the result of the noticeable differences in combustion charac-
teristics between both engines. However, with the absence of hydrogen-ammonia experiments on
marine sized engines, scaling laws are one of the sole methods to obtain insight in the performance
of larger sized engines.

* While the L Law has shown the closest similarity in the heat loss scaling factor, the reduction in en-
gine speed is expected to cause an earlier start of combustion that will lead to a different pressure
distribution. The impact of the engine speed has been investigated as part of the parametric study
in Section 7.7.2. From Figure C.13b in Appendix C*, it can be observed that the pressure peak
increases when reducing the engine speed. Hence, the L Law cannot have the same combustion
characteristics compared with the baseline engine.

e The S Law, on the other hand, showed the least favourable heat loss scaling factor, however, from
previous papers, the S Law has shown the most optimal result in terms of combustion character-
istics when premixed combustion (i.e. HCCI) dominates the heat release process. This is because
of the timescale for the chemical reactions that can be kept identical for both engines. Without
heat loss calibration, the S Law showed a retardation in CA10 from 180.40 [CAD] to 180.70 [CAD].
When including heat loss scaling, the S Law showed similar CA10 values with the baseline engine
as can be seen in Table 6.6.

* The application of the S Law is largely limited due to engine’s material design limitation. This is
caused by unrealistic piston speeds as a result of the constant speed scaling. However, since the
mean piston speed (c,,) of the baseline engine has been running on 4.4 [m/s], the scaled c,, value
of 8.5 [m/s] as a result of the S Law still fits within the maximum piston speed limitation. In other
words, increasing the mean piston speed to 8.5 [m/s] is still within the engine’s material capability.

» Large engines have shown relatively lower heat transfer losses in contrast to its down scaled vari-
ant. Hence, when both engines are operating at the same initial conditions, a higher pressure trace
and overall efficiency can be expected in favour of the larger engine. Thus, the theoretically scaled
S Law (including the heat loss calibration) engine will show a less optimistic performance output
than in reality since it is assumed that both engines have identical pressure traces.

The heat loss calibrated S law model has shown close similarities in combustion characteristics with the
baseline engine. These similarities are mentioned below:

* Both the indicated mean effective pressure (IMEP) and the indicated specific fuel consumption
(ISFC) are identical between both engines.

4Appendix C contains the results from the parametric study performed in Chapter 7.
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* Theinjected fuel, fuel burnt (m;, ) and indicated work output scales with the displacement volume
(L3) after calibration, which is in line with the theory.

* The HRR per mg injected fuel and RCO are in good agreement between the baseline and S law
engine after the calibration.

* The temperature crank angle distribution and the initial value at valve inlet closing (77) have
shown great similarities.

* The CA10 are for both engines exactly the same. The efficiency losses 7¢omp, 14 and 1,4 are also
close to the baseline engine.

An overview of the engine scaling results for a 31H and 47 fuel blend with and without heat loss calibra-
tion can be found in Table 6.6.

Table 6.6: Overview of the S Law 47H and 31H scaling results, before and after the heat loss calibration
(-50 Tyya11 & +32.5 C, for 47H and -50 Ty, 4;; & +47.5 C, for 31H).

Unit Small engine SLaw Sf SLaw + Ty, Sf
47H
CA10 [CAD] 180.40| 180.70 - 180.40 -
IMEP (bar] 2.651 2.651 L0 2.651 L0
P; (kW] 1.640 1193 I3 1193 I3
Mpf [mg] 11.400| 73222 [*% 81.622 L*%
Mg injected [mg] 15.631| 112.684 I3 112.645 I3
Fuel MEP (bar] 8.494 849 I 8.482 IV
RCO (-] 0.731 0.650 L7017 0.714 L7001
Heatloss  [k]/cycle] 0.116 0.588 L>47 0.818 L2Y
Ncomb (-] 0.724 0.645 L7017 0.719 L7001
Nq (-] 0.623 0.702 118 0.628 L0
Ntd (-] 0.692 0.690 I° 0.692 L°
ni (-] 0.3147| 0.3147 I° 0.3146 L0
31H
CA10 [CAD] 185.79| 18629 - 185.79 -
IMEP bar] 2.532 2532 L0 2532 L0
P; (kW] 1.58 11.40 I3 11.40 I3
Mpf [mg] 13.907| 88.333 L*%! 99.178 L[*%
My injected [mg] 19.350| 139.481 I3 139.471 I3
Fuel MEP (bar] 8.81 881 I° 881 I°
RCO -1 0.719 0.633 L7919 0.711 17902
Heatloss  [kJ/cycle] 0.130 0.662 L>*47 0.914 [>%
Ncomb (-] 0.713 0.628 L7019 0.706 L7902
Nq (-] 0.585 0.667 L% 0.592 L%92
Ntd (-] 0.689 0.686 L° 0.673 L7004
ni (-] 0.2898| 0.2898 L° 0.2810 L7905
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Chapter 7

Engine enhancements

7.1 Chapter overview

The engine in Chapter 6 has been proportionally scaled to match the same combustion and pressure
trace characteristics as the baseline engine. As a result, the maximum indicated work output is limited
to 11.82 [kW] (for the S Law), which is far below the 50 [kW] target mentioned in Section 6.2. There
are many possible ways to enhance the power output of the engine such as increasing the stroke to bore
ratio and compression ratio, which will be discussed in Section 7.3.

Section 7.4 gives an introduction and methodology for the engine enhancement modelling. The
results from the models which consists of the modified knock integral, Single-Wiebe function and the
anti-causal in-cylinder model that requires the mass fraction burn as input give us a better understand-
ing how the combustion characteristics of the fuel blend are influenced when making variations in the
initial conditions. The modeling approach for the knock integral model and Wiebe function are dis-
cussed in the Section 7.5 and 7.6, respectively. Next, a parametric study will be performed in Section 7.7
to get a quick impression of how modifications in the inlet pressure, engine speed, equivalence ratio and
inlet temperature will impact the model results. From the parametric study, 2 new operational design
conditions have been investigated in Section 7.8. The main goal of this study is to find out whether the
engine is able to reach higher power outputs when altering the intake conditions.

7.2 Introduction

As already stressed by the author [15] of the ammonia fueled HCCI paper, his test engine has not been
optimised for HCCI combustion. The indicated efficiency could be increased by several percentages
when optimising the engine dimensions for HCCI combustion. Thus, for future ammonia fueled HCCI
engines, great care has to be taken into the dimensioning of the cylinder chamber to get the highest
possible combustion efficiency and power density. Quenching has to be minimised as much as possi-
ble and combustion temperatures above 1400 [K] are necessary to keep the concentration of unburned
ammonia to a minimum [2].

As mentioned in Chapter 6, the combustion characteristics of the S Law engine has to be identical to
the small engine in order to comply with the scaling requirements. Both engines will therefore have iden-
tical indicated efficiencies, which is in reality not the case. Modern automobile sized engines have peak
thermal efficiencies'at around 35-40% and 40-45% for gasoline and diesel, respectively [107]. Large ma-
rine sized engines on the other hand can achieve thermal efficiencies over 60%, making those far more
efficient than automotive engines [107]. In the next section, several engine modifications are proposed
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to enhance the power output of the S Law engine.

7.3 Proposed engine enhancements

7.3.1 Increasing the stroke to bore ratio

Several studies [108, 109] have observed a rise in indicated efficiency when increasing the stroke to bore
ratio while keeping the cylinder displacement similar. Both the two- and four-stroke engines have shown
a positive effect when increasing the stroke length, in which the increase in engine performances was the
most pronounced during part-load conditions [110]. Hence, HCCI engines that are commonly operating
at mid-load conditions could benefit the most from the increase in stroke to bore ratio. The increase in
efficiency for longer stroke engines can be explained by the relatively lower convective heat wall losses
as result of the lower surface to volume ratio, when compared to short stroke engines that have the same
cylinder volume.

The stroke to bore ratio of 1.035 that has been used in the in-cylinder model is in the range of generic
passenger car engines, as depicted in Figure 7.1. Slow speed marine engines on the other hand com-
monly have stroke to bore ratios ranging from 2.2 to 2.7. Studies [110, 111] have shown that the increase
in stroke to bore ratio goes together with the decrease in mechanical efficiency. Thus, at a certain stroke
to bore ratio and load condition, the mechanical losses can negate the increase in indicated efficiency.
On the other hand, short stroke engines have shown greater brake efficiencies when operating at low
mean effective pressure (MEP) conditions, while long stroke engines performed better at higher MEP
(i.e.under turbocharged conditions) [111]. In short, doubling the engine’s stroke to bore ratio from 1.035
to 2 could potentially increase the brake efficiency of the engine.
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Figure 7.1: Power density as function of the stroke to bore ratio for several engine types [24].

IThe thermal efficiency is the percentage of heat energy that is transformed into work.
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7.3.2 Increasing the compression ratio

Another engine modification that could positively impact the indicated efficiency efficiency is the in-
crease in compression ratio. Firstly, a higher CR will result in a decrease in intake temperature require-
ment. New sets of (unpublished) hydrogen-ammonia HCCI experiments by Pochet et al. [2] includes
a test engine with a greater compression ratio of 22:1 in contrast to its previous 16:1 engine. Here, the
intake temperature of the 22:1 CR is lowered to 373 [K] (for 40 vol% ammonia), which is a reduction of
100 [K] compared to the 16:1 CR that is being used in the in-cylinder model. Lower intake temperatures
will result in higher air densities, meaning that more fuel and air can be injected in the cylinder.

In short, greater thermal efficiencies (17;4) and power densities can be expected when increasing the
compression ratio. This, however, comes at the cost of an increase in friction and heat losses to the walls
(decrease in 14) and relatively lower combustion efficiencies (1¢o,p) [96]. The mentioned losses do not
fully erase the increase in 1,4, meaning that the n; will still be slightly higher when increasing the CR.

7.3.3 Implementation of a turbocharger

Turbocharging is commonly used on marine sized diesel engines to increase the power density and in
reducing the amount of space needed per [kW] power [34]. The main principle of turbocharging lies in
pre-compressing the charged air before it enters the cylinder. This increases the density of the air and
therefore also the mass of oxygen into the engine. As a result more fuel can be injected into the cylinder
in contrary to a natural aspiring engine. Turbocharging is suitable for HCCI engines, however, the latter
is not as effective in comparison to conventional diesel engines because of the low HCCI exhaust tem-
perature. Hence, a passive system in which the compressor is mechanically connected to a turbine that
is being driven by the exhaust gas has to be modified to work with lower energy enthalpies. In addition,
the exhaust gas has to be processed in the SCR before it can flow into the turbine, which will further lower
down the temperature.

In contrast to SI engines, the compressor and turbine for HCCI combustion has to operate at higher
compression ratios and a smaller turbocharger because of the lower exhaust energy [112]. Hence, a two-
stage turbocharged system is highly recommended in case the HCCI engine has the option to switch to
SI combustion during operation. Increasing the in-cylinder model’s intake pressure from 1.5 [bar] to 5
[bar] with the implementation of a turbocharger can already drastically increase the power output of the
engine.

7.3.4 Exhaust gas re-circulation (EGR) implementation

The ideal situation for HCCI combustion is to have the CA50 at or right after reaching TDC, mainly to
avoid having the peak pressure to work against the piston’s motion. This maximises the efficiency and
reduces the maximum peak pressure rise rate, hence avoiding knock [2]. The crank angle position of
CA50, which is commonly seen as the control parameter for HCCI engines greatly depends on the com-
bustion duration and the ignition timing. Both of those are mainly controlled by the intake temperature
and the use of exhaust gas re-circulation (EGR). In short:

* EGR is a great method to delay the auto-ignition of the air/fuel mixture, since the water vapour
from the exhaust gas re-circulation has a higher heat capacity than the species in the air mixture,
hence resulting in a lower bulk temperature rise.

* The benefits of EGR are an increased efficiency and power density, since more fuel or a higher in-
take pressure can be achieved in comparison to the same engine without EGR. In addition, the
reduction in the in-cylinder oxygen availability because of the EGR system has proven to be a reli-
able way to reduce the NOx production in engines [66].
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* Such engine enhancements that benefit and maximize the overall efficiency of the system are im-
portant to consider, since the volumetric density of ammonia is significantly lower than that of
MFO/HFO. Hence, a small efficiency increase can already have a major impact on the size of the
fuel storage.

7.3.5 Flexible operating conditions

Fast pressure rise rates are common for HCCI combustion, because of the instantaneous auto-ignition
characteristic. These pressure rise rates are noticeably large during high load conditions and should
be negated by lengthening the combustion phasing [113]. The experiments from Pochet et al. [2] have
shown that high ammonia fractions (preferable above 40 vol. %) will lead to a mores spread out combus-
tion event. This will broaden the controllability and enables the engine to run on higher loads.

The operating range of HCCI engines are limited by misfire at very low load conditions and high pres-
sure rise rates at high load conditions [113]. The generally small load-range during HCCI combustion is
still a major obstacle that has to be solved. A solution to broaden the operating range could be to enable
the engine to switch from HCCI mode to SI or diesel mode, when the load cannot be satisfied. In this
respect, the engine can run on HCCI mode during medium loads and on SI or CI combustion during
very low and high loads. This enables optimum engine performances and flexibility for many different
load and speed conditions [114]. HCCI combustion generally has a higher indicated efficiency and lower
NOx production in contrast to SI or CI combustion.

7.4 Modelling approach parametric study

From the literature study, it became evident that HCCI engines have issues with auto-ignition control.
The inlet conditions have shown to be the decisive parameters in the location of the start of combustion
crank angle”. Hence, a parametric study on the initial conditions is necessary to get a better understand-
ing which intake parameters have the greatest impact on the auto-ignition and how changes in the initial
conditions will affect the combustion characteristics.

The in-cylinder model developed in Chapter 5 requires for each change in the intake conditions a
new pressure trace input for the simulation of the combustion characteristics. In order to obtain accu-
rate results for the in-cylinder model, these pressure distributions have to be obtained from experiments.
However, since there is no experimental pressure data available for the parametric study, new sets of
models have been developed to study the effects of the initial conditions on the combustion character-
istics. First, the modified knock integral model (MKIM) is necessary to determine the shift in the start of
combustion crank angle when adjusting the initial conditions. The empirical parameters have been fit-
ted with the modelling results from the scaled S Law engine (mentioned in Chapter 6). After calibration,
the empirical constants have been kept the same for the parametric study.

In short, from the MKIM function, reasonable predictions of the shift in the start of combustion can
be obtained for variations in the initial conditions. The location of the start of combustion can then be
used inside the Single-Wiebe model in order to determine the mass fraction burn distribution, which
can be used inside a modified version®of the in-cylinder model that has discussed in Chapter 5. In this
way, the combustion characteristics for a range of intake conditions can be modelled without the need
of experimental pressure data. The hydrogen-ammonia anti-causal in-cylinder model is based on the
hydrogen-NG model from Sapra et al. [32]. The main framework components of the anti-causal model,
which includes the heat loss, fuel property library, combustion characterization and the in-cylinder pro-
cess components have been modified for hydrogen-ammonia fuel. Since the combustion duration of

2The the start of combustion is located at the crank angle in which 1% of the fuel has been burnt (CA1).
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the fuel blend will vary when adjusting the initial conditions, an empirical combustion duration has
been used to predict the changes in combustion duration.

However, because of the empirical MKIM and Single-Wiebe parameters that have been set constant
for the parametric study, the modelling results may not be as accurate in comparison to the results from
the in-cylinder model that uses the pressure trace as input from Chapter 5. A flowchart of the modelling
approach for the parametric study on the initial conditions can be found in Figure 7.2.
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Figure 7.2: Flowchart overview of the steps taken in the creation of the anti-causal in-cylinder model that
requires the mass fraction burn as input.

7.5 Modified knock integral model (MKIM)

7.5.1 Approach MKIM function

The application of a simple zero dimensional knock integral model provides relevant results with the
benefit of a fast calculation rate [115]. The main component of the knock integral is based on the empir-
ical Arrhenius relationship as shown in the equation below [116]:

T:A'exp(g'p") (7.1)

3The term anti-causal in-cylinder model will be used for the modified version of the in-cylinder model.
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Where, 7 is the ignition delay and p and T are respectively the pressure [kPa] and temperature [K] as
function of the time. The empirical parameters A, b and n are constants and can be determined from
the model calibrations. The crank angle dependent knock integral is able to predict the start of com-
bustion with the main assumption that the reaction is zero order and the reaction rate will not change
during the compression stroke [117]. Here, the auto-ignition of the homogeneous mixture is predicted
by an exponential correlation. Auto-ignition occurs when the relationship between the concentration
and auto-ignition delay (also known as the concentration ratio) reaches unity, as shown in Equation 7.2
[116].

4o = dg=1.0 (7.2)

X /‘9:&90(; 1 0=0s0c 1
00=0vc N*T 00=01vc N-A-exP([?] -P™)

Xc

Where, 0y ¢ and Osoc are the crank angles at inlet valve closing (IVC) and start of the combustion (SOC),
respectively. the parameter N is the engine speed in [rpm] and 7 is the ignition delay mentioned in
Equation 7.1. Since the input pressure and temperature are as function of the time, experimental data is
required to solve the knock integral. A way to bypass this requirement is to assume that the pressure and
temperature increase during engine compression occur as a polytropic process. In this respect, the heat
release as a result of pre-combustion that occurs before reaching the SOC is neglected in the modelling.
This methodology is known as the modified version of the knock integral model (MKIM). Here, the initial
temperature and pressure at inlet valve closing and the polytropic parameter (7.) have to be acquired
from experiments. In this way, the temperature and pressure contributions are written as function of the
change in in-cylinder volume as can be seen in the Equations 7.3 and 7.4 [118].

T=Trvc ve0)" ! (7.3)

p="Prvc-vc(0)" (7.4)

The crank angle dependent variable v, () is the ratio between the volume at inlet valve closing and the
volume at a specific crank angle.

Vive

V(0)
Substituting Equations 7.3 to 7.5 into the knock integral will lead to the MKIM function as shown in
Equation 7.6 [116]. Experiments and modelling performed by Shahbakhti et al. [118] have shown that
the KIM predicts the start of combustion more accurately in contrast to the MKIM. This is mainly because
the MKIM only uses the pressure and temperature values at IVC, in which the polytropic parameter n,
has been kept constant during the entire compression phase.

0=0s0c 1
f dg=1.0 (7.6)
00=01vc M)

ve(0) = (7.5)

N-A-exp ro—
c

A way to enhance the accuracy of the predicted SOC for a range of hydrogen-ammonia ratios is to in-
tegrate the equivalence ratio into the empirical MKIM function. The latter is important, since it gives
a good indication of the amount of initial fuel and air inside the engine. Another way to optimise the
model for a range of fuel blends is to include the initial concentrations of the fuel and oxygen as shown
in Equation 7.7 [118].

0=0s0c d. €
f [Fuell®-[0,] d6=1.0 (7.7)
0

=0rvc . phein
0 NAexp(M)

n,
Trvcv*

Where, [Fuel] and [O;] are the concentration fuel and oxygen, respectively. The parameters d and e are
empirical constants and can be determined from model calibration.



7.5. MODIFIED KNOCK INTEGRAL MODEL (MKIM)

However, Equation 7.7 requires data that has to be acquired from exhaust gas analyzers and oxygen
sensors. The in-cylinder fuel and oxygen data has not been provided by the HCCI paper, which makes the
integration of the equivalence ratio the only viable option to optimise the model for a range of different
hydrogen-ammonia ratios.

The final version of the MKIM model [116] that includes the contribution of the equivalence ratio can
be found in Equation 7.8. This equation will be used for the auto-ignition modeling and will be described
as the MKIM function in the upcoming sections.

0=0s0c (pc
f do=1.0 (7.8)
00=01vc N-A. exp( b.[plvc.r,l,;_cl]n)

Tive-ve

7.5.2 Input parameters

The empirical parameters A, b, n and ¢ have been fitted with the use of the 47 volumetric percent hydro-
gen (47H) data. The data from the 44H, 38H and 31H fuel blends have not been included in the fitting
because of the large deviations in the auto-ignition crank angle between the highest and lowest hydro-
gen concentration that will inevitably lead to less accurate results. Hence, the empirical parameters have
only been fitted using the data of one operating condition for 47H. A higher accuracy can be expected
when more operating points of the 47H fuel blend are included in the determination of the empirical
MKIM parameters. It is therefore highly recommended to re-calibrate the empirical parameters in case
more experimental data is available.

The fminsearch tool in the Matlab software has been used to fit the empirical parameters. These
parameters are influenced by the fuel properties, engine geometry and the operational condition. In an
ideal scenario we want to experimentally determine the empirical parameters in a rapid compression
machine for a 53 volumetric % ammonia and 47 volumetric % hydrogen fuel blend. These values then
have to be optimised for the given engine dimensions using experimental data and the fminsearch tool.
In this respect, the empirical parameters should be further optimised using data for a range of opera-
tional conditions (i.e. change in engine speed, inlet pressure, inlet temperature and equivalence ratio).
This is required to determine the effect of these engine parameters on the SOC. Hence, the fminsearch
tool should ideally be applied on a range of experimental data to obtain more accurate values for the
empirical parameters. However, since we do not have the data for hydrogen-ammonia auto-ignition in-
side a rapid compression machine, the start values of the empirical parameters that are necessary for the
first iteration have been acquired from the paper by Swan et al. [119] for iso-octane. The location of the
SOC is influenced by the octane rating of the fuel [119]. Iso-octane has an octane rating of 100, which is
higher in comparison to the octane ratings of hydrogen (>130) and ammonia (130) [120]. The start val-
ues of the empirical parameters A, b, n and c are 9.291e~7, 16909, -0.1121 and -0.688, respectively. This
resulted in the values 1.047e—6, 21573, -0.007 and -0.735 after fitting the empirical parameters for one
engine condition. Ideally, we want to analyze the empirical parameters for a range of engine conditions.

The fitted empirical parameters are not completely accurate since the start values for iso-octane
have been used. In this respect, another fuel type has been investigated to get a better understanding
how the start value will impact the MKIM results. Here, the start values of n-heptane (octane rating of
zero) are 5.336e710, 14948, -0.038 and -0.930, respectively. This resulted in the values 7.251e-10, 23927,
-0.020 and -0.587 after the fitting. As can be seen in Figure 7.3b, the initial start value from the paper
by Swan gave a function value of almost 2.088e? for the first iteration and a value of 1.1838e28 after
the last iteration. The large function value output from the first iteration gives us an indication that
the iso-octane empirical start values do not completely fit to the experimental data from Pochet et al.
[23]. When the start start value for n-heptane is being used, the function value becomes 5.956e’ after
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the first iteration. Hence, iso-octane has shown to be a better fit in contrast to n-heptane. However,
more accurate results can be expected when the start values for a hydrogen-ammonia blend are used. As
depicted in Figure 7.3a, auto-ignition occurs when the area under the MKIM function 1/(N - 1) reaches
one. Here the newly fitted empirical parameters give exactly the same start of combustion.
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Figure 7.3: (a) Graphical representation of the MKIM integration for 47H during the compression stroke.
The blue area under the MKIM function corresponds to a value of 1.0. (b) Graphical representation of
the function value during each iteration.

7.5.3 Results

The Figures 7.4a to 7.5b show the change in SOC, when altering the engine speed (N), equivalence ratio
and initial conditions (i.e. pressure and temperature) at IVC. It can be observed that changes in the
pressure or the equivalence ratio have not shown a major impact on the predicted SOC crank angle. On
the other hand, a change in initial temperature or engine speed greatly influenced the location of the
start of combustion.

As can be seen in Figure 7.4a, the intake temperature plays a crucial factor in the development of
the start of combustion crank angle. Decreasing the baseline inlet temperature of 474 [K] to 465 [K]
has shown a retardation of the SOC from 0 to 4.89 [CADaT DC] and further lowering the temperature
leads to misfire. Increasing the temperature on the other hand resulted in an earlier SOC in which an
increase from 474 [K] to 538 [K] leads to an SOC shift from 0 [CADaTDC] to -11.94 [CADaTDC]. This
is also not favored, since the early heat release before reaching TDC may decrease the indicated power
output of the engine. In addition, a greater inlet pressure advances the SOC, as can be seen in Figure
7.4b. Here, a pressure increase from 1.6 [bar] to 5.6 [bar] resulted in a SOC shift from 0 [CADaT DC] to
-9.38 [CADaTDC]. This earlier start of combustion phenomenon at higher inlet pressure has also been
observed by Caton et al. [121]. In his work, he mentioned that the use of EGR could be a great way to
suppress the knock integral. In this respect, the earlier SOC caused by the increase in inlet pressure can
be counteracted by increasing the EGR.

As can be seen in Figure 7.5a, increasing the engine speed results in a delay in the start of combustion
crank angle because of the shortening of the real time combustion period. Here, the SOC for the engine
speeds of 500 [r pm] and 2500 [r pm] are -10.56 [CADaT DC] and 10.56 [CADaT DC], respectively. Caton
et al. [121] also noticed a retardation of the SOC when increasing the engine speed. The deviations
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Figure 7.5: The knock integral function for a range of initial engine speeds (a) and equivalence ratios
(b) at inlet valve closing. The baseline engine speed and equivalence ratio that have been used in the

in-cylinder model are 1500 [r pm] and 0.26 [—] (for 47H), respectively.

in the SOC when varying the equivalence ratio are on the other hand not that significant. Increasing
the equivalence ratio from 0.20 [—] to 0.32 [—] resulted in an SOC shift from -2.38 [CADaTDC] to 2.24

[CADaTDC].

As mentioned earlier, the fitted empirical MKIM parameters are not completely accurate, since val-
ues for iso-octane have been used for the first iteration. In Table 7.1, the results from the iso-octane
MKIM calibration have been compared with the results from the n-heptane calibration. It can be ob-
served that the deviations in the intake temperature between iso-octane and n-heptane results are above
50%. This indicates that using the start values for iso-octane instead of the hydrogen-ammonia fuel
blend may not give very accurate results. Hence, the start values for the empirical MKIM parameters

ENGINE ENHANCEMENTS
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should come from the hydrogen-ammonia rapid compression machine experiment in order to obtain
the most accurate results.

Table 7.1: Comparison between n-heptane and iso-octane as the initial values for the first iteration in
the MKIM function.

Inlet temperature Unit‘ 418 [K] 448 (K] 478 [K] 508 [K] 538 [K]
SOC iso-octane [CADaTDC] misfire misfire 0 -6.88 -11.94
SOC n-heptane [CADaTDC] misfire misfire 0 -8.49 -14.31
Deviation [%] misfire misfire 0 23.7 19.8
Inlet pressure Unit 1.6 [bar] 2.6 [bar] 3.6 [bar] 4.6 [bar] 5.6 [bar]
SOC iso-octane [CADaTDC] 0 -4.30 -6.59 -8.17 -9.38
SOC n-heptane [CADaTDC] 0 -1.85 -2.91 -3.65 -4.22
Deviation (%] 0 57.0 55.8 55.3 55.0
Engine speed Unit| 500 [rpm] 1000 [rpm] 1500 [rpm] 2000 [rpm] 2500 [rpm]
SOC iso-octane [CADaTDC] -10.56 -4.63 0 4.63 10.56
SOC n-heptane [CADaTDC] -8.69 -3.83 0 3.83 8.69
Deviation (%] 17.7 17.3 0 17.3 17.7
Equivalence ratio Unit 0.20 [-] 0.23 [-] 0.26 [—] 0.29 [-] 0.32 [-]
SOC iso-octane [CADaTDC] -2.38 -1.16 0 1.13 2.24
SOC n-heptane [CADaTDC] -1.60 -0.78 0 0.74 1.46
Deviation (%] 32.8 32.8 0 34.5 34.8

The Figures 7.6a to 7.7a show the results from the predicted MKIM function on the vertical axis and
the results from the experiments by Pochet et al. [23] on the horizontal axis.
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Figure 7.6: (a) The predicted MKIM SOC vs the SOC from the experiments by Pochet et al. [23] and (b)
the predicted CA10 vs the CA10 from the experiments. The error is the absolute difference between the
predicted result from the MKIM and the experimental result.

The modified knock integral model in which the empirical parameters have been optimised for 47H
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has been evaluated for several hydrogen-ammonia blends. As can be seen in Figure 7.6a, the average
deviation in the prediction of the SOC and the Auto-ignition crank angle from the experiments by Pochet
etal. [122] for 47H, 44H, 38H and 31H are large. The difference of 4.6 [CAD] as shown in Figure 7.6a be-
tween the predicted SOC and the SOC from the experiment for the 31H fuel blend is still noticeably high.
The average deviation can be minimised by optimising the empirical parameters for all fuel blends. In
this respect, the average deviation will decrease at the cost of an increase in the 47H error. Hence, a bet-
ter suggestion would be to optimise the empirical MKIM parameters for each hydrogen concentration
instead of using the same values. From the analysis, it can also be observed that the average devia-
tion of the CA10 is slightly higher to that of the SOC. A possible reason could be that the compression
stroke are for each fuel blend more or less the same. From Figures 7.6b and 7.7a, the implementation
of the equivalence ratio in the MKIM contributes to a smaller error difference, when using a range of
hydrogen-ammonia blends. The accuracy of the MKIM model could potentially be enhanced by switch-
ing the equivalence ratio term for the fuel and oxygen concentration [118]. However, this setup requires
experimental crank angle measurements from the oxygen and fuel sensors, which we do not have.

Predicted vs actual CA10 excluding equivalence ratio
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=
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38H error = 3.99 [CAD]
O 31H error = 5.39 [CAD]

A5 L L L L
-15 -10 -5 0 5 10 15

Actual CA10 [CAD]

(@)

Figure 7.7: (a) The predicted MKIM CA10 vs the CA10 from the experiments by Pochet et al. [23] excluding
the equivalence ratio. The error is the absolute difference between the predicted result from the MKIM
and the experimental result.

In reality;, it is difficult to maintain the same hydrogen-ammonia ratio of 47H during the whole op-
eration, since the hydrogen production has to be perfectly matched and optimised to the engine’s cur-
rent operational condition. We can therefore expect different hydrogen-ammonia ratios during transient
loading for which the engine also has to be optimised for the minimum and maximum acceptable hy-
drogen concentrations. The latter has not been investigated in this thesis, however, this topic could be an
interesting research objective for future work. For the Wiebe model, only the combustion characteristics
of the 47H and 31H fuel blends will be investigated. Hence, the empirical parameters have been opti-
mised for both fuel blends to minimize the MKIM error. The next section discusses the develpopment of
the Wiebe model.
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7.6 Single-Wiebe function model

7.6.1 Approach Wiebe function

In contrast to the in-cylinder model mentioned in Chapter 5, the anti-causal in-cylinder model for the
Wiebe function requires the burned fuel mass fraction (x;) instead of the pressure signal as the main
time dependent input. The parameter x;, is the output result from the single-Wiebe function which can
be determined as follows:
m+1
). (7.9)

Where m is the form factor, a is the efficiency factor, Osoc is the crank angle position at the start of
combustion, 8 is the current crank angle position and 8 is the burn duration between crank angle CA1
and CA95.

0 —0soc

xp@)=1- exp(— a
04

7.6.2 Input parameters

Since the Wiebe function contains two constants (i.e. m and a), usually an assumption is made with one
of the constants. In this respect, the efficiency factor a that is directly related to the combustion duration
can be determined using Equation 7.10.

a=-In(1-ncomp) =—In(1—-0.74) = 1.3471 (7.10)

Then, the form factor m, which reflects the distribution of the heat release process can be determined
by performing a least square analysis on Equation 7.9 using experimental data and the assumption of a
constant efficiency factor (a). This gives an estimated overall form factor m of 0.9214 (slope as shown in
Figure 7.8a) -1 =-0.0768 .

The predicted shape of the Wiebe function changes significantly when varying the values of m and
a, since these terms are placed within the exponential term of the equation. Yasar et al. [123] found that
small changes in the form factor m already has a big impact on the burn fraction (x;), hence, an accurate
value of this constant is necessary. Abbaszadehmosayebi et al. [124] proposed a modified version of the
Wiebe function, in which the efficiency factor a is divided out of the equation. For this, he rearranged
Equation 7.9 has to Equation 7.11

09— QSOC m+1
In(l1-x,0) =—-a| ——— (7.11)
04
Here, the cumulative mass fraction (xj) of 0.5 is used as a reference point.
m+1

O50—6
In(0.5)=—-a 750 YsoC (7.12)

0a

When dividing Equation 7.11 by Equation 7.12, the Wiebe function can be expressed in terms of 8, 859, 0soc
and the form factor (m) as shown in Equation 7.13.
m+1
) (7.13)

Next, the m value can be determined for each time instant by rearranging Equation 7.13 into 7.14. The
mass fraction burn for a range of crank angle locations have been obtained from the experiments by

0 —0soc

xp(0)=1—-exp|In(0.5)
b p( 050 —Osoc
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Pochet et al. [23]. A mean value constant of the form factor () can be acquired from the slope of the
best fit line as shown in Figure 7.8a.

In(1 —x,(6))
In(0.5)

0 -0soc

In =(m+1)-In (7.14)

050 —Osoc

According to Figure 7.8a, (m + 1) is equal to 0.9214, which results in an m value 0f 0.9214 - 1 =-0.0786.

Form factor m excluding the efficiency factor a Form factor m in which the efficiency factor a is equal to 1.3471
2r 1r
——m ——m
15+ = Fit line 05+ = Fit line
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Figure 7.8: (a) and (b) show the form factor m at each time instant during the combustion process for
47H. Here the Figure on the left excludes the efficiency factor a, while the Figure on the right uses a
constant a value that has been derived from Equation 7.10.

As can be seen from the Figures 7.8a and 7.8b, both fit lines have identical slope values of 0.9214
when using the same combustion data set.

7.6.3 Approach in-cylinder model

The anti-causal model is based on the in-cylinder model from Chapter 5. Here, the main components
and the input parameters for the model are the same from the in-cylinder model in Chapter 5. These
main components consist of the heat release, heat loss, fuel and air property library and the indicated
work blocks. As can be seen in Figure 7.9, the output parameters from the anti-causal in-cylinder model
are the temperature and the pressure distributions.

From the literature study, it became evident that HCCI engines have issues with auto-ignition con-
trol. The inlet conditions have shown to be the decisive parameters in the location of the start of com-
bustion crank angle. Hence, a parametric study on the initial conditions is necessary to get a better un-
derstanding which intake parameters have the greatest impact on the auto-ignition and how changes in
the initial conditions will affect the combustion characteristics. For this parametric study, the modified
knock integral model (Section 7.5) and the Single-Wiebe function (Section 7.6) have been developed.
Here, the MKIM function is necessary to determine the shift in the start of combustion crank angle when
adjusting the initial conditions. Then, the Single-Wiebe model is used to determine the new mass frac-
tion burn distribution for the anti-causal in-cylinder model to simulation the in-cylinder combustion
characteristics.

ENGINE ENHANCEMENTS
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Figure 7.9: Block diagram overview for the simulation of the anti-causal in-cylinder process using the
mass fraction burn as input. Figure has been taken from Stapersma [21].

7.6.4 Wiebe model and anti-causal in-cylinder model verification

The output results from the Wiebe model and anti-causal in-cylinder model have been verified with the
results from the scaled S Law and heat loss calibrated in-cylinder model mentioned in Chapter 6. Here,
the 47H and 31H fuel blends have been investigated. In this section, only the results from the 47H fuel
blend are shown. The comparison in combustion characteristics between the scaled S Law and heat
loss calibrated in-cylinder model and the results from the Wiebe and anti-causal model can be found in
Section C.1.1 in Appendix C.

From the pressure curve in Figure 7.10a, it can be observed that the horizontal location and the value
of the pressure traces between the scaled S Law in-cylinder model (Chapter 6) and the results from the
Wiebe model (Chapter 7) are almost comparable. However, there is a distinguishable difference in the
location of the maximum temperature between the in-cylinder model and Wiebe model as shown in
Figure 7.10b. This indicates that the results from the Wiebe model and the anti-causal in-cylinder model
are not able to fully simulate the combustion characteristics from the In-cylinder model.

The difference in combustion characteristics can also be observed in Table 7.2. Here, the results in
terms of the cumulative heat loss, the pressure trace and the temperature distribution between the in-
cylinder model output and the Wiebe function are slightly different since the distributions in the burn
fractions are not completely identical. The single-Wiebe function shows larger differences with the ex-
perimental results after reaching 190 [CAD] as can be seen in the RCO curve in Figure 7.11a. This indi-
cates that a single-Wiebe function is not accurate enough to simulate the whole RCO curve and that a
double- or triple-Wiebe function will most probably lead to more accurate results.

The single-Wiebe function over-predicts the HRR peak value by a factor 1.2, as can be seen in Figure
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Figure 7.10: (a) Pressure and (b) temperature distribution for the in-cylinder model from Chapter 6 (S
Law engine) and the simulated single-Wiebe function.
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Figure 7.11: (a) RCO and b) heat release rate distribution for the in-cylinder model from Chapter 6 (S
Law engine) and the simulated single-Wiebe function.

7.11b. This large deviation between the single-Wiebe function and experimental results have also been
observed by Yasar et al. [123]. According to him, the over-prediction is mainly caused by the slower
combustion phase near the cylinder walls that has not been included in a single-zone model. In this
respect, a multi-zone approach in which a separate wall-zone is included in the model could offer more
accurate results.

7.6.5 Approach combustion duration model

The combustion phasing of HCCI engines is not completely characterised by the start of combustion
timing, since different burn durations (684) can occur at the same SOC. Hence, a combustion duration
model is necessary to predict the change in combustion duration, when adjusting the initial conditions
inside the Wiebe and anti-causal in-cylinder models. Shahbakhti et al. [118] described the relationship
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Table 7.2: Comparison in combustion characteristics between the in-cylinder model (heat loss calibrated
S Law engine) and the Wiebe function for a 47 vol. percent hydrogen fuel blend (47H).

Unit In-cylinder model Wiebe function Error [%]

IMEP [bar] 2.651 2.623 1.06
P; (kW] 11.93 11.80 1.09
Mmpf [mg] 81.622 85.867 -5.20
M¢ injected [mg] 112.645 117.738 -4.52
FuelMEP [bar] 8.486 8.870 -4.53
RCO (-] 0.731 0.729 0.27
Heat loss [k]/cycle] 0.818 0.880 -7.58
Mcomb (-] 0.719 0.724 -0.70
Mg (-] 0.628 0.620 1.27
Ntd (-] 0.692 0.659 4.77
ni (-] 0.3146 0.2996 4.77

of the burn duration as a function of the equivalence ratio, the mixture dilution fraction (X;) and the
empirical parameters C, D and E. Here the empirical parameters for the burn duration function have
been calibrated using the output data from the in-cylinder model.

04=CQA+Xy)P ¢ (7.15)

Where, the mixture dilution fraction (Xy) is a function of the exhaust gas re-circulation (EGR) and the in-
ternal residual gas mass fraction (X;) as shown in Equation 7.16. The internal residual gas mass fraction
is the ratio of the in-cylinder residual mass and the trapped mass.

my
(7.16) X, = [— (7.17)
ny;

X, =EGR+

r

The EGR has not been implemented in this thesis, however, for future performance enhancement
studies, the implementation of EGR could play an effective role in increasing the burn duration. This is
especially beneficial for high hydrogen fractions to slow down the combustion phasing and less interest-
ing for high ammonia concentrations because of its high octane number that also lead to a longer burn
duration.

7.7 Results parametric study

In this study, a list of variations in the initial conditions have been analyzed. The parameters that have
been varied are the inlet pressure, engine speed, equivalence ratio and the inlet temperature. Here, the
purpose of the analysis is to obtain an understanding how variations in the initial condition will impact
the anti-causal in-cylinder model results and which parameter has the highest influence on the indicated
power output. During the analysis, only one parameter has been varied at a time in which the results can
be found in Table 7.3.
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Table 7.3: Overview of the engine modeling results for a range of initial conditions. The values in green
represent the baseline results from Chapter 6 (Engine scaling). The temperature, pressure, RCO and fuel
burnt curves can be found in Section C.2.1 in the Appendix.

Inlet pressure Unit‘ P;,,=1.6 [bar] P;,,=2.6 [bar] P;, =3.6[bar] P;,=4.6 [bar] P;, =5.6 [bar]
SOC [CAD)] 180.00 175.70 173.41 171.83 170.62
Burn duration [CAD] 14.00 14.00 14.00 14.00 14.00
IMEP [bar] 2.623 4.319 6.085 7.814 9.546
p; [kW] 11.80 19.43 27.38 35.16 42.95
ni [-] 0.3022 0.3092 0.3126 0.3142 0.3152
Priax [bar] 71.20 126.3 182.8 239.7 297.1
Tax [K] 1490 1553 1591 1612 1627
My, injected (mg] 116.04 186.76 260.275 332.57 405.14
Engine speed Unit‘ N=500[rpm] N=1000[rpm] N=1500[rpm] N=2000[rpm] N =2500[rpm]
SOC [CAD] 169.44 175.37 180.00 184.63 190.56
Burn duration [CAD] 14.00 14.00 14.00 14.00 14.00
IMEP [bar) 2.014 2.470 2.623 2.705 2.621
p; [kW] 3.02 7.410 11.80 16.23 19.65
ni [-] 0.2285 0.2833 0.3022 0.3084 0.3009
Prax [bar) 82.97 77.71 71.20 63.15 59.25
Tmax [K] 1564 1534 1490 1454 1380
Mf,injected (mg] 117.84 116.62 116.04 117.16 116.31
Equivalence ratio Unit‘ eq=0.20 [-] eq=0.23 [-] eq=0.26 [-] eq=0.29 [-] eq=0.32 [-]
SOC [CAD)] 177.62 178.84 180.00 181.13 182.24
Burn duration [CAD)] 16.43 15.09 14.00 13.10 12.34
IMEP [bar] 1.898 2.284 2.623 2.975 3.311
pP; [kW] 8.54 10.28 11.80 13.39 14.90
ni (-] 0.2768 0.2919 0.3022 0.3104 0.3166
Priax [bar] 69.84 70.83 71.20 71.57 71.66
Tonax K] 1400 1447 1490 1535 1576
My injected (mg] 91.62 104.57 116.04 128.15 139.86
Inlet temperature Unit‘ Tin =465 [K] Tin =474 [K] Tin =493 [K] T;, =508 [K] T;, =538 [K]
SOC [CAD] 184.89 180.00 176.22 173.12 168.06
Burn duration [CAD] 14.00 14.00 14.00 14.00 14.00
IMEP [bar] 2.695 2.623 2.452 2.272 1.920
p; [kW] 12.13 11.80 11.03 10.23 8.639
ni (-] 0.3031 0.3022 0.2921 0.2800 0.2517
Poax [bar) 62.73 71.20 75.80 78.40 80.64
Tmax [K] 1421 1490 1569 1626 1718
Mf,injected (mg] 118.91 116.04 112.30 108.51 102.16

7.7.1 Change in initial pressure

Since the efficiency factor (a) and the form factor (m) in the single-Wiebe function remained constant,
the combustion efficiency and burn duration are for each engine speed condition the same. In reality,
the value for the combustion efficiency that also has an impact on the efficiency factor a is expected to
be greater at higher inlet pressures because of the increase in temperature. The parametric results are
therefore most likely on the conservative side, hence, higher indicated powers can be expected when in-
cluding the change in combustion efficiency. The pressure curve increases drastically when using greater
inlet pressures. The simulations by FEilts et al. [122] has shown maximum pressures and MEP that are
reaching 300 [bar] and 35 [bar], respectively, when using a charged air pressure of 5.6 [bar]. The state
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of art automotive diesel engines are able to reach mean effective pressures of 30 [bar] and maximum
pressures of 200 [bar]. Higher pressures are achievable, however, material and design solutions are nec-
essary. According to the author, charge air pressures to approximately 10 [bar] are reachable with the
use of a two stage turbo charging system.

All in all, the alteration in the inlet pressure has shown the greatest impact on the combustion char-
acteristics. As shown in Table 7.3, increasing the initial inlet pressure from 1.6 [bar] to 5.6 [bar] has
shown an almost factor 4 increase in indicated power output (11.80 [kW] vs 44.38 [bar]). In addition
to the increase in power density at greater inlet pressures, higher n; have been observed that are in line
with the modeling results by Eilts et al. [122]. The author also observed a rise in indicated efficiencies
when increasing the charged air pressure.

7.7.2 Change in engine speed

The modeling results on the effects of the engine speed on the combustion characteristics by Uludogan
et al. [125] have shown higher power outputs at higher rpms. In addition, his work showed a decrease
in the pressure and temperature distribution that has also been observed in the ammonia fueled Wiebe
model as shown in Table 7.3. Lower local temperatures and a shorter time of combustion at high engine
speeds has a positive impact on the reduction of the NOx emissions. The transition from 1500 [r pm]
to 2000 [r pm] has shown an almost 50% increase in the indicated power. Increasing the engine speed
retards the start of combustion (SOC) crank angle. This can have a positive impact on the generated work
during each cycle, because of the phasing of the heat release distribution in which less fuel is being burnt
during the compression stroke.

Since the efficiency factor (a) and the form factor (m) in the single-Wiebe function remained con-
stant, the combustion efficiency and burn duration are for each engine speed condition the same. In
reality, the value for the combustion efficiency that has an impact on the efficiency factor a is expected
to be slightly higher for higher engine speeds [125]. The results presented in Table 7.3 are most likely
on the conservative side, hence, higher indicated powers can be expected when including the change
in combustion efficiency. Higher engine speeds have the disadvantage of an increase in durability and
noise problems. If this is not an issue, then higher engine speeds are preferred because of the lower emis-
sions and a higher power densities. The optimal engine speed for this modeled engine is expected to be
around 2000 [r pm]. In the case of a further increase in engine speed (from 2000 [r pm] to 2500 [r pm]),
areduction in the indicated efficiency and /M EP have been observed as a result of the noticeable retar-
dation in SOC.

7.7.3 Change in equivalence ratio

An increase in the equivalence ratio from the baseline 0.26 [-] to 0.32 [—] resulted in an indicated power
output increase of 27% as can be seen in Table 7.3. The increase in equivalence ratio also shortened the
burn duration that has been determined using the empirical Equation 7.15. While the SOC retards when
increasing the equivalence ratio, the end of combustion crank angle (CA90) starts earlier. in this respect,
193.7 [CAD] and 194.8 [CAD] for an equivalence ratio of 0.32 [-] and 0.20 [—], respectively.

Besides shortening the burn duration, the increase in equivalence ratio leads to greater maximum
temperature and pressure peaks. For HCCI combustion, a longer burn duration is generally more bene-
ficial to spread the heat release distribution and will therefore decrease the peak stresses on the engine’s
structure. All in all, increasing the equivalence ratio is a suitable option in enlarging the power density of
the engine.
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7.7.4 Change in inlet temperature

The results in Table 7.3 may not completely represent the real case scenario. Since the efficiency factor
a, form factor m and the burn duration remained constant for each change in initial inlet temperature,
which explains the not representative combustion efficiencies at intake temperatures below the baseline
engine. Here, an inlet temperature of 465 [K] has shown a greater indicated work output in contrast
to the baseline inlet condition of 474 [K] that has been used in Chapter 6 (engine scaling). This is in
reality not true as we can expect lower combustion efficiencies for the 465 [K] condition, because of the
decrease in maximum temperature.

From the results we can conclude that the engine’s inlet temperature has to be adjusted in such a
way that the start of combustion timing (SOC) shortly happens after reaching TDC. Further increasing
the inlet temperature results in an earlier heat release that is happening before reaching TDC. In this
case, the early heat release is working against the piston, which will decrease the indicated work output
of the engine.

7.8 Design proposal

In this section, 2 operational design conditions have been evaluated for a 31H and 47H fuel blend. These
operational conditions are stated as design 1 and design 2. For design 1, the values for the equivalence
ratio and the inlet pressure have been increased from, respectively, 0.26 [-] (S Law engine) to 0.32 [—]
and 1.6 [bar] to 5.6 [bar] to maximise the injected fuel mass per cycle. In addition, the engine speed has
been increased from 1500 [r pm] to 2500 [r pm] to obtain a higher injected fuel mass per second as can
be seen in Table 7.4.

Table 7.4: Overview of the input parameters for the Wiebe and anti-causal in-cylinder model for the
baseline engine (Section 7.6.3) and the design conditions 1 and 2 mentioned in Section 7.8 for the 31H
and 47H fuel blends.

31H 47H 31H 47H 31H 47H

Unit‘ Baseline Baseline| Designl Designl Design2 Design2

Pin [bar] 1.6 1.6 5.6 5.6 4.6 4.6
Tin (K] 474.0 474.0 478.8 482.5 459.4 470.4
Engine speed [rpm] 1500 1500 2500 2500 2000 2000
Equivalence ratio -] 0.28 0.26 0.32 0.32 0.20 0.20

Design 1 is based on an extreme scenario in which the HRR peak value is a factor 5.9 times (for 47H)
larger than the result obtained from the S law engine mentioned in Chapter 6 (1.941 [k]/deg] vs 0.327
[kJ/deg]). The increase in T}, from 1480 [K] to 1655 [K] together with the shortening in burn duration
from 14 [CAD] to 12.34 [CAD] will lead to significantly larger forces on the engine’s cylinder walls. The
engine can potentially achieve an indicated power output of 92.48 [kW] as shown in Table 7.5. The
modifications in the engine speed, equivalence ratio and the inlet pressure lead to a noticeable shift in
the SOC. For both design conditions, the start of combustion crank angle have been shifted back to TDC
by adjusting the inlet temperature. In this way, the amount of heat release that is working against the
piston movement has been kept to a minimum.
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Table 7.5: Overview of the Wiebe and anti-causal modeling results for the baseline engine (Section 7.6.3)

and the design conditions 1 and 2 mentioned in Section 7.8 for the 31H and 47H fuel blends.

31H 47H 31H 47H 31H 47H
Unit‘ Baseline Baseline| Design1l Designl Design2 Design2
SOC [CAD] 185.09 180.00 180.01 180.01 180.03 180.04
Burn duration [CAD)] 12.31 14.00 11.44 12.34 14.80 16.43
IMEP [bar] 2.58 2.62 11.55 12.33 5.76 6.12
p; (kW] 11.61 11.80 86.61 92.48 34.54 36.72
ni [-] 0.2819 0.3022 0.3291 0.3459 0.2940 0.3114
Prax [bar] 60.45 71.20 262.1 267.80 190.0 194.00
Tmax [K] 1437 1490 1608 1655 1356 1394
My, injected (mg]| 14499  116.04| 56040  477.03 31233  262.57
Temperature 47H Pressure
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Figure 7.12: (a) Temperature and (b) pressure distribution for the designs 1 and 2. The input parameters
can be found in Table 7.4.

A more plausible and realistic operational design condition would be to extend the burn duration
during each combustion cycle by further lowering the equivalence ratio. This massively reduces the HRR
peak, which will result in a more spread out heat release. The charged air pressure and engine speed in
design 2 are lower in comparison to design 1. The initial conditions for design 1 and 2 for the fuel blends
31H and 47H can be found in Table 7.4. From the Figures 7.12a and 7.12b, it can observed that the initial
conditions from design 2 lead to significantly lower temperature and pressure traces. The HRR peak of
0.85 [kJ/deg] is 2.3 times lower in comparison to design 1 and 2.6 times larger than the S Law engine
from Chapter 6 (0.327 [kJ/deg]). While the maximum temperature for the 47H fuel blend is close to
the minimum requirement of 1400 [K 14, the 31H fuel blend showed a T}, which is 44 [K] below the
requirement. This means that operational design 2 works great for 47H, but an increase in equivalence
ratio or a decrease in engine speed is necessary for 31H to meet the 7, requirement.

The almost straight vertical line at 180 [CAD] in the heat release is largely caused by the m value in

4Hydrogen-ammonia HCCI engine experiments by Pochet et al. [2] have shown that a maximum temperature above 1400
[K] is necessary to keep the unburned ammonia concentration to a minimum. See Section 5.6 for a more detailed explanation.
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Figure 7.13: (a) RCO and (b) fuel burnt curve for the designs 1 and 2. The input parameters can be found
in Table 7.4.

the Wiebe function. Both 31H and 47H have shown a small m value of 0.1109 and -0.0768, respectively.
A smaller m leads to a higher initial heat release rate value, in which a value lower than 0.5 will result in
an almost vertical line that occurs slightly after reaching SOC [126].
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Figure 7.14: (a) The heat release rate curve.

7.9 Reflection results

7.9.1 Wiebe function m parameter

The m value in the Wiebe function has been set to a fixed constant instead of the function mentioned
in 7.14, since we do not have data to determine the actual value after each parametric variation. The
conducted research by Johansson et al. [126] has shown that the m value is influenced by the IMEP
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value in which an increase in IMEP was correlated to a greater m value. The author observed that
for his engine the m value correlated to the function 0.006 - M EP. His HCCI engine experiments were
performed with a different fuel blend, however, we can assume that the m value will also increase when
increasing the /M EP value.

The exact IMEP value on the other hand, is not known and it greatly depends on the combustion
duration which exact value is also not known [118]. To get a better understanding of the influences of
the m parameter on the modeling results, we assume the same correlation of 0.006- I M EP that has been
observed by Johansson. For a 31H fuel blend, the m parameter went from 0.1109 to 6.0161 and 2.0741 for
design 1 and design 2, respectively. As can be seen in Table 7.6, the large increase in m did not impact the
indicated efficiency and the power output. The maximum pressure and temperature on the other hand,
did show a small deviation. Since a larger m value did not show a big impact on the indicated power
output and since we do not have an exact correlation of the m value, the m value will be set as a fixed
constant of 0.1109 (for 31H) in the parametric study.

Table 7.6: Overview of the parametric modeling results in which the Wiebe parameter m has been ad-
justed for the expected IMEP value.

Unit‘ Design1 Design 1 m,,,q Design2 Design 2 m,,q

IMEP [bar] 11.55 11.55 5.76 5.77
P; (kW] 86.61 86.65 34.54 34.61
ni [-] 0.3291 0.3262  0.2940 0.2918
Poax [bar] 262.1 255.6 190.0 171.7
Tonax (K] 1608 1634 1356 1372
My injected Mg 560.40 565.46  312.33 315.29

7.9.2 HRR curve

The HRR curve in Figure 7.11b has shown an almost vertical line upwards that occurs shortly after reach-
ing SOC. While this rapid increase in the heat release rate is a rare phenomenon for SI and CI engines,
experiments and modelling in the literature have shown that these mentioned HRR characteristics are
common cases for HCCI combustion. This especially happens when the HCCI engine is operating at
low to medium-load conditions that have been observed in a number of publications [127, 128, 129, 25].
From the results in the Figures 7.15a and 7.15b by Shi et al. [25], a significantly lower HRR peak value
can be observed during full-load in comparison to low-load conditions. Operating at full-load showed a
longer combustion duration and a less steep HRR rise at the start of combustion. The engine in Chapter
6 is most likely operating at low to medium-load condition, since its IMEP value of 2.623 [bar] value
(for 47H) is noticeably smaller in contrast to conventional natural aspiring engines that are typically op-
erating at 5 [bar]. Hence, at higher load conditions a lower peak pressure increase rate and a longer
combustion duration could be expected.

In addition, the rapid increase in HRR can be mitigated by the implementation of exhaust gas re-
circulation (EGR). An EGR concentration of 10% has shown a major decrease in the steepness and maxi-
mum value of the HRR [127]. The HRR increase rate can also be minimized by lowering the equivalence
ratio or by extending the combustion duration [129].
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Figure 7.15: (a) Low-load and (b) full-load diesel combustion in which the intake pressure and injected
fuel are respectively 2 and 3 times higher for the full-load condition. Here, the KIVA numerical model
had been validated using experimental data. (c) Low to medium-load diesel HCCI combustion in which
the displacement volume of the CAT engine is 5 times higher in comparison to the GM engine [25].

7.9.3 Wiebe modification for HRR fitting

From Figure 7.11b it can be observed that the Wiebe function is not able to simulate the HRR curve
of the in-cylinder model from Chapter 6 during the compression stroke. The Wiebe parameter m has
been determined in Section 7.6.1 by fitting the burn fraction data from Chapter 6. This resulted in a
negative m value of -0.0786 for 47H and 0.1109 for 31H when the negative heat release rates during the
compression stroke were neglected. This approach allows the RCO slope at TDC of the Wiebe function
(blue line) to fit seamlessly with the results from the in-cylinder model (red line) as can be seen in Figure
7.18a. However, the HRR curve as shown in Figure 7.18b shows a greater peak in comparison to the in-
cylinder model. The drop in the RCO curve during the compression stroke could be the result from the
high intake temperature. As can be seen in Figure 7.17b, the temperatures between 140 [CAD] and SOC
are exceeding the fixed wall temperature of 352 [K]. Hence, the dip in the RCO curve could be caused
by the heat loss to the cooling water. Another reason for the dip in the RCO curve could be traced to the
assumptions made for the in-cylinder model (Chapter 5) that may impacted the RCO curve.

In case we want the Wiebe model to have a greater HRR fit with the scaled S Law in-cylinder model
(Chapter 6), we have to include the negative HRR (as shown in Figure 7.16a) when determining the m
parameters. This will lead to a start of combustion crank angle that occurs at 176.3 [CAD] instead of
180 [CAD] for the 47H fuel blend. In addition, the burn duration changes from 14 [CAD] to 10.3 [CAD],
which will result in an m value of 1.3111 instead of -0.0786 from the RCO fit.

As can be seen in Figure 7.18b, the HRR fit (black dotted line) simulates the slope of the in-cylinder
model at the start of combustion well. However, after reaching TDC, the HRR fit method over predicts the
heat release rate, which may indicate that a single-Wiebe function is not sufficient to simulate the entire
HRR curve. While a greater similarity in the HRR curve has been observed for the HRR fit approach,
the RCO fit showed more accurate results in the pressure and temperature distributions. This makes the
HRR fit a less accurate method in predicting the combustion characteristics when compared to the RCO
fit. A brief summary of the combustion characteristics for both methods can be found in Table 7.7.

5This method is be called the HRR fit in the following graphs.
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Figure 7.16: (a) Form factor m at each time instant when including the negative HRR at the beginning of
the compression stroke.
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Figure 7.17: (a) Pressure and (b) temperature distribution for the in-cylinder model from Chapter 6 (S
Law engine) and the simulated single-Wiebe function.

7.10 Conclusions

A reduction can be expected in the accuracy of the combustion characteristics when combining the
MKIM, single-Wiebe function and the anti-causal in-cylinder model. The first reduction in the accu-
racy can be accounted by the polytropic parameter (n.) and the empirical MKIM parameters that have
been set constant during the compression stroke. Shahbakhti et al. [118] observed an average deviation
of the predicted SOC of less than 1.0 [C AD] using the MKIM for a range of varying engine conditions.
Furthermore, the fuel type also plays a large role in the average SOC deviation of the MKIM model.
He observed a significantly lower average SOC deviation for n-Heptane (0.38 [CAD]) in comparison to
iso-octane (0.89 [CAD]) fuel. N-Heptane can be seen as the zero point in the octane rating scale, while
iso-octane is in the 100 point range. Hence, a large error in the SOC can also be expected for ammonia
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Figure 7.18: (a) RCO and b) heat release rate distribution for the in-cylinder model from Chapter 6 (S
Law engine) and the simulated single-Wiebe function.

Table 7.7: Comparison in combustion characteristics between the in-cylinder model (heat loss calibrated
S Law engine) and the Wiebe function for 47 vol percent hydrogen (47H).

Unit In-cylinder model Wiebe(RCO fit) Error [%] Wiebe(HRR fit) Error [%]

IMEP [bar] 2.651 2.623 1.06 2.657 0.23
p; kW] 11.93 11.80 1.09 11.96 0.25
mpf [mg] 81.622 85.867 -5.20 86.650 -6.16
Heatloss [kJ/cycle] 0.818 0.880 -7.58 0.898 -9.78
Ncomb [-] 0.719 0.724 -0.70 0.731 -1.67
Ng [-] 0.628 0.620 1.27 0.615 2.07
Ntd [-] 0.692 0.659 4.77 0.667 3.61
ni [-] 0.3146 0.2996 4.77 0.3011 4.29
Tmax [K] 1480 1494 4.77 1587 7.23
Priax [bar] 71.56 70.96 4.77 79.59 11.22

fuel, because of its high octane value of 130. However, we do not know how accurately the MKIM function
is able to predict the auto-ignition crank angle for hydrogen-ammonia fuel and HCCI combustion, since
there are no papers published concerning this topic.

7.10.1 MKIM model conclusions

An overview of the expected trend in the start of combustion crank angle when altering the inlet & tem-
perature, engine speed and equivalence ratio can be found in Table 7.8. The conclusions drawn from the
MKIM function are as follows:

* The empirical parameters from the MKIM function are influenced by the fuel properties, engine
geometry and the operational condition. Since there is no data available for ammonia-hydrogen
fuel blends, the model has been optimised using iso-octane for the initial start value and it has
then been calibrated using the data from the scaled engine model in Chapter 6. The knock crank
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Table 7.8: Expected trend in the start of combustion for 47H, when altering the initial conditions. Here,
an upward arrow in the SOC column means a retardation of the start of combustion.

Parameter SOC

Temperature at [VC |
Pressure at IVC |
Engine speed 1
Equivalence ratio 1

—|—|—|—

angle is highly influenced by the octane rating of the fuel. Hence, iso-octane has been chosen,
because of its octane rating that is reasonably close to that of ammonia and hydrogen.

* In order to get a better understanding in which range the iso-octane initial start values will influ-
ence the results, the MKIM function has been evaluated for n-heptane (octane rating of zero vs 100
for iso-octane). From the results in Table 7.1 it can be seen that a change in the inlet pressure and
equivalence ratio will result in the greatest deviations in SOC, when comparing iso-octane with
n-heptane of 50% and 30%, respectively. Since the differences in octane rating between iso-octane
(100) and hydrogen-ammonia (130) is smaller, we can expect a smaller deviation in SOC when
using iso-octane.

* The difference between n-heptane and iso-octane becomes more pronounced in the Wiebe func-
tion. When using the same initial conditions, n-heptane has shown a retardation in the start of
combustion, which resulted in a lower power output. However, n-heptane has shown an almost
similar combustion characteristic and power output when shifting the location of the start of com-
bustion to TDC by increasing the inlet temperature as can be seen in the results in Table C.3.

7.10.2 Parametric study conclusions

* The intake conditions considered in the KIM and Wiebe model for the parametric study are the
inlet pressure, engine speed, equivalence ratio and inlet temperature. Changing the inlet pressure
has shown the greatest impact on the engine performance. When increasing the inlet pressure
from 1.6 [bar] to 5.6 [bar], the indicated power output increased from 11.80 [kW] to 44.38 [bar].
However, an increase in inlet pressure leads to a higher maximum pressure, higher maximum tem-
perature and an earlier start of combustion, which is unfavourable for the engine’s structural rigid-

ity.

» Secondly, a greater engine speed will lead to a retardation in the SOC, because of the shortening
of the real time combustion period. The transition from 1500 [rpm] to 2000 [rpm] has shown
an almost 50% increase in the indicated power. Disadvantages of increasing the engine speed is
a reduction in the maximum temperature, an increase in durability problem and an increase in
noise. If this is not an issue, then higher engine speeds are preferred because of the lower NOx
emissions and higher power densities.

* Thirdly, deviations in the equivalence ratio have not shown to have a large impact on the SOC.
Increasing the equivalence ratio increases the maximum temperature, but leads to larger pressure
peaks and a shortening of the burn duration. For HCCI combustion, a higher burn duration is
generally more beneficial to spread the heat release distribution and therefore also decreases the
peak stresses on the engine’s structure. Hence, for the equivalence ratio, a compromise has to
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be made between a longer combustion duration and maintaining a maximum temperature above
1400 [K] to obtain a high combustion efficiency. The equivalence ratio should preferably be as
high as possible and will most likely be limited by the structural capability of the engine.

* Finally, the intake temperature plays a crucial factor in the location of the start of combustion crank
angle. A small change in the baseline inlet temperature leads to large changes in the location of
the SOC. For example, a decrease of 474 [K] to 465 [K] has shown a retardation of the SOC from
0to 4.89 [CADaTDC] and further lowering the temperature leads to misfire. An increase in inlet
temperature results in an earlier heat release that is happening during the compression stroke,
leading to a lower indicated power. Therefore, it is important to calibrate the inlet temperature to
ensure the combustion timing to take place at TDC.

7.10.3 Design proposal conclusions

* Design condition 1 that is based on an extreme scenario in which the intake pressure, equivalence
ratio and engines speed have been drastically increased in order to obtain a higher indicated power
output. This engine design condition could potentially achieve an indicated power output of 92.48
[kW] for the 47H fuel blend. The HRR peak value is a factor 5.9 times larger in comparison to
the results from the S Law engine mentioned in Chapter 6. Design 2 is based on a more realistic
operational condition. This design has shown an indicated power output of 36.72 [kW] and an
HRR peak that is a factor 2.3 times larger in comparison to the S Law engine.

* The power output for both designs are conservative and can be slightly higher if the m parameter
from the Wiebe function has been adjusted with the increase in IMEP discussed in Section 7.9.1.

* The combustion efficiency that has been fixed during the parametric study could potentially in-
crease the indicated power output for design 1. A higher maximum temperature will lead to a
greater combustion efficiency, which has been observed by Pochet et al. [2] and has been dis-
cussed in Section 5.6.

» For design condition 2, the equivalence ratio, engine speed and inlet pressure are the same for
both the 31H and 47H fuel blend. The results shows that the 31H fuel blend is not able to achieve
a Tynax above 1400 [K]. This means that design condition 2 works great for 47H, but an increase in
equivalence ratio or a decrease in engine speed is necessary for 31H to meet the T}, requirement.

Table 7.9: Overview of the Wiebe and anti-causal modeling results for the baseline engine (Section 7.6.3)
and the design conditions 1 and 2 mentioned in Section 7.8 for the 31H and 47H fuel blends.

31H 47H 31H 47H 31H 47H

Unit‘ Baseline Baseline| Designl Designl Design2 Design2

soC [CAD] 185.09  180.00 180.01  180.01  180.03  180.04
Burn duration [CAD] 12.31 14.00 11.44 12.34 14.80 16.43
IMEP [bar] 2.58 2.62 11.55 12.33 5.76 6.12
P; (kW] 11.61 11.80 86.61 92.48 34.54 36.72
N (-] 0.2819  0.3022 0.3291  0.3459  0.2940  0.3114
Ponax [bar] 60.45 71.20 262.1  267.80 190.0  194.00
Tonax (K] 1437 1490 1608 1655 1356 1394
My injected [mg] 144.99  116.04 560.40  477.03 31233  262.57
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7.10.4 Challenge to face for HCCI engines

Optimizing the inlet temperature to shift the SOC to TDC has shown great effect on the indicated effi-
ciency. However, ensuring the start of combustion to happen at TDC during each combustion cycle is a
major challenge that still needs lots of research. Ideally, we want to have the engine to work as efficient
as possible during changing load conditions. In this respect, an automatic system is required that is able
to modify the inlet temperature to achieve SOC around TDC. This system has to continuously monitor
the inlet pressure, inlet temperature, equivalence ratio, engine speed, fuel blend composition and the
power demand in order to modify the inlet air temperature for the next combustion round.

From the parametric results in Section 7.7, it can be seen that a change in inlet pressure, engine
speed, equivalence ratio and inlet temperature can have an enormous impact on the crank angle location
of the SOC. Especially during a change in load condition, a spontaneous demand in engine load can lead
to an increase in injected fuel, inlet pressure or engine speed, which will result in a shift in the SOC. Since
HCCI engines are prone to knock and misfire, the system has to quickly modify the inlet temperature
to stay outside the knock and misfire region. The system becomes more complex in case we want to
integrate the heat exchange from the SOFC. The SOFC-ICE combination mentioned in Chapter 1 has
to face the challenge that the heat exchange has to be perfectly tuned during transient loading. The
addition of a hydrogen storage tank, fuel heater and indirect reformer (mentioned in Chapter 8) could
play a role in managing the inlet temperature to the internal combustion engine. Another option to
control the SOC is to continuously modify the hydrogen concentration during each engine cycle. For
example, the in-cylinder modelling results in Table 5.6 (Chapter 5) showed that decreasing the hydrogen
content could be a great way to retard the SOC.

All in all, HCCI engines can become reliable in case its whole operational area can be mapped and
implemented into an automated system. Changes in the initial conditions (i.e. inlet pressure, engine
speed, equivalence ratio, fuel composition and inlet temperature) will result in a shift in the SOC. In this
respect, the HCCI engine should be able to anticipate whether the shift in SOC is within the operational
area. Otherwise an adjustment in the inlet temperature or fuel composition is necessary to stay outside
the early knock and misfire region.



Chapter 8

System design considerations

8.1 Chapter overview

In case the HCCI engine is integrated in an SOFC-ICE combination depicted in Figure 8.1, the engine’s
inlet temperature is influenced by the heat exchange from the SOFC. This faces the challenge that the
heat exchange has to be perfectly matched during transient loading in which the inlet temperature con-
trol system requires a high response rate. From the parametric study performed in Chapter 7, it became
evident that the HCCI engine performance is highly influenced by the intake conditions. Fluctuations
in the inlet temperature and hydrogen concentration, for instance, have shown a great impact on the
location of the start of combustion crank angle, which can even lead to undesired early knock or misfire.
In the combined system, the HCCI engine’s low performance during a cold start, its relatively high NOx
emissions and the fluctuating hydrogen demand during transient loading should be regarded.
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Figure 8.1: SOFC-ICE combination design that includes additional subsystems to enhance the practical-
ity of the system when using HCCI mode.

In this chapter, additional system design considerations are discussed that are able to mitigate the

SYSTEM DESIGN CONSIDERATIONS



8.2. COLD START

large fluctuations in the HCCI engine’s intake conditions. These subsystems will be introduced and elab-
orated upon the upcoming paragraphs. In Section 8.6, two alternative system designs (i.e. HCCIICE only
and electric propulsion) will be discussed.

8.2 Cold start

8.2.1 Introduction

Since both the ICE and the SOFC require hydrogen during a cold start, different start-up approaches will
be further elaborated upon. The concentration of unburned ammonia in the exhaust is a major con-
cern when starting up the internal combustion engine. Ammonia is toxic to the environment, therefore
several mitigation measures have to be introduced.

At low temperatures, the N-H bonds in ammonia are hard to break. Suitable conversion rates of
ammonia into hydrogen therefore only start at high temperatures (above 600 [°C] for a nickel based cat-
alyst). This indicates that direct reforming of ammonia cannot take place inside an SOFC during a cold
start without some system modifications. Moreover, burning pure ammonia in an ICE during a cold start
and HCCI mode is not efficient due to incomplete combustion and its high auto-ignition temperature.
Combustion instability and low efficiencies, especially at part loads are common phenomenons for am-
monia engines that are operating at low hydrogen concentrations. This is due to the narrow flammable
limits and low flame speed of ammonia, which indicates that a suitable amount of hydrogen should al-
ready be available during a cold start [26]. A possible solution is to have a hydrogen storage tank that is
big enough for the cold start and can be recharged when the engines are running at normal conditions.

8.2.2 Ammonia slip and unburned ammonia

In case of direct liquid ammonia injection, the vaporization that shortly happens after injection causes
an extreme cooling effect in the cylinder. This cooling effect that can be explained by the large high latent
heat of vaporization value of ammonia becomes a critical issue during a cold start. From experiments
performed by Koike et al. [26] the unburned ammonia concentration in the exhaust gas for an internal
combustion engine during a cold start is about four times higher than that during warmed up opera-
tions. Therefore it is necessary to increase the hydrogen ratio during startup. Another alternative that
has been proposed by Koike et al. [26] is to place a redox converter and ammonia adsorber at the engine
exhaust flow outlet as depicted in Figure 8.2. Emission control during a cold start is still one of the major
challenges that have to be solved before ammonia fueled ICEs can be widely used on the market.
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Figure 8.2: Proposed in-line adsorber system by Koike et al. [26] for engines fueled with an ammonia
hydrogen mixture
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8.2.3 Start-up approach

One way to heat the solid oxide fuel cell to operating temperatures can be achieved by passing high
temperature exhaust gases from the ICE through the SOFC stack [49]. However, in case for HCCI mode,
large amounts of hydrogen and a high inlet temperature of the air fuel mixture are required to start the
engine. In addition, the ICE exhaust gas temperature is according to the in-cylinder model not sufficient
enough to fully heat the SOFC to operational temperatures. Hence, a better way to start the SOFC is the
use of an electrical heater that heats up one SOFC cell to operational temperatures. The produced heat
from the exothermic electro-chemical reaction inside the operating cell can be used to heat adjacent
cells in a consecutive manner during the cold start [49]. In addition, to make the cold start more flexible,
the ICE should have the option to use SI mode during start up and transition to HCCI combustion after
the cold start. This so called "Hybrid mode’ is a way to simplify the start up approach for the SOFC-ICE
combination. The inlet temperature for the hydrogen-ammonia fueled SI engine in [98] of 323 [K] is
significantly lower in comparison to the 474 [K] requirement for HCCI combustion'.

8.3 NOx emission

8.3.1 Introduction

As mentioned earlier, the high NOx concentration in the hydrogen-ammonia HCCI engine’s exhaust is a
major concern that has to be solved. The NOx is primarily produced from fuel-bound nitrogen, which
can unlike the nitrogen (N,) in air easily re-bond with free oxygen during the combustion process. In
case of complete ammonia combustion, the end-products of the reaction are nitrogen gas and water
vapour as shown in Equation 8.1 [14].

4NH3+302—>2N2+6H20 (8.1)

This reaction, however, is only one of the several reactions happening during combustion. To get a more
comprehensive understanding of the total emissions being produced by the combustion of ammonia, a
detailed analysis of the oxidation pathway is required including a comprehensive understanding of com-
bustion chemistry. Several chemical kinetics models have already been developed and verified including
the ones from Kobayashi et al. [14] and Li et al. [72]. NOx production is one of the main disadvantages
of burning ammonia inside an internal combustion engine (ICE). It has been demonstrated from experi-
ments that increasing the equivalence ratio decreases the production of NOx significantly [130]. The NO
emission is practically zero at excess air ratios over 3 and a reduction of NO, emission below 50 [ppm]
at an air excess ratio of 5 [58]. In addition, it has been observed that increasing the hydrogen ratio lead
to greater NOx emissions [131].

8.3.2 Selective catalytic reduction (SCR)

One way to significantly remove the nitrogen oxides from the exhaust gas (as high as 85 to 90%) is to apply
a selective catalytic reduction (SCR) on-board of the ship [21]. The residual ammonia in the exhaust
could be used as an additive to the SCR system. The operating temperature of SCRs ranges between 550
to 750 [K] [98], which means that the exhaust gas of the in-cylinder model (550 to 650 [K]) does not have
to be reheated before entering the SCR. Ammonia has to be supplied to the exhaust gas to initiate the
following two reactions:

ANO+4NH3+ 0y — 4N, +6H,0 (8.2)

1Both engines are running on the same engine speed. The hydrogen content from the SI engine is 40 vol.%, which is slightly
higher in comparison to the 38H from the HCCI engine.
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and

6NO, + 8N Hz — 7Ny + 12HyO. (8.3)

There are, however, some drawbacks, in which cost may play a significant role in the final decision as
a ship owner. SCR installations are typically very expensive, take space on-board of a ship and needs
additional consumption of ammonia for the reactions to occur. In addition, not all the ammonia reacts
with nitrogen oxide, resulting in some some ammonia slip to the environment. The conversion rate
usually depends on the quality of mixing and the available reaction time. Another major concern is the
formation of N> O, commonly known as nitrous or laughing gas inside the ICE. This emission substance
is one of the significant contributors to the depletion of the ozone layer and because of its high global
warming potential, which is around 300 times that of carbon dioxide (CO) [80]. Both the spark timing
and excess ratio are influencing the formation of N, O, in which late ignition and high air excess ratios
are both contributing to the promotion of N, O formation [80].

8.4 Hydrogen production

8.4.1 Introduction

It is necessary to investigate whether the hydrogen demand for the ICE can be fully supplied by the
anode-off gas of the SOFC. Additional hydrogen production is not only required during a cold start but
may also be needed for the ICE to cope with transient loading. In this respect, the response rate, total
energy demand and efficiency of both the SOFC and ICE have to be analysed. It is known that solid
oxide fuel cells are not great at handling transient loading, therefore a constant ammonia inflow rate is a
preferred choice. An external hydrogen production system is necessary when the hydrogen supply from
the anode-off gas is insufficient for the ICE.

8.4.2 Electrolyzer

Besides the use of an external indirect internal reformer (discussed in Section 2.2.1), the use of an elec-
trolyzer may offer a higher response rate and does not require high temperatures to produce hydrogen.
The electrolysis of water is a method to produce oxygen and hydrogen gas, however, a far more efficient
method is the electrolysis of ammonia in an ammonia electrolytic cell (AEC) [132]. According to Vitse et
al. [133] the theoretical electrolysis of ammonia requires only around 5% of the energy needed for water
electrolysis at similar standard conditions. The following reaction occurs on the anode side of the AEC:

2NH3 +60H — Ny +6H,0+6e” (8.4)

Reaction on the cathode side:

6H,0+6e” —3H,+60H" (8.5)
Here, the hydrogen gas is electro-chemically produced inside the AEC. The overall reaction can be writ-
ten as:

2NH3; — No+3H, (8.6)

The theoretical voltage per gram of produced hydrogen at ambient temperature through electrolysis of
ammonia is approximately 0.058 [V] with an energy consumption of 1.55 [W k] [134].
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8.5 Hydrogen storage design

8.5.1 Introduction

A hydrogen tank is necessary to temporarily store the anode-off gas hydrogen from the operating SOFC,
as a buffer and in case the HCCI engines are turned off. The size and type of the hydrogen storage de-
pends on the response rate of the indirect reformer or electrolyzer and the minimum amount of hydro-
gen needed for a cold start and during normal operation.

8.5.2 Hydrogen Extraction

Hydrogen and nitrogen gas from the indirect reformer and the anode-off gas from the SOFC can be safely
stored together inside a compressed tank. As can be seen in Equation 8.7, 100 [m®] of ammonia gas
fully dissociates into 50 [m3] of nitrogen gas and 150 [m®] of hydrogen gas. However, storing both gases
together will result in a larger storage unit and more energy is needed to bring down the temperature of
the nitrogen and gas mixture for compressed storing.

1 3
NH3; — —N>,+ —H. 8.7
3=y Nat o Hy (8.7)

Moreover, the dilution of hydrogen in nitrogen may lead to a reduction in the burning velocity of the
fuel mixture during spark ignition. From experiments, increasing the nitrogen ratio results in a notable
reduction of the laminar burning velocity and the diffusivity during injection for SI engines [135]. How-
ever, not many experiments have been conducted on the effects of hydrogen-nitrogen based mixtures
as a dual fuel promoter for SI engines. Therefore it cannot be safely said whether the nitrogen has to
be removed from the mixture. HCCI engines on the other hand, do not face this issue, since the fuel is
premixed with air that already consist of 78 vol.% nitrogen before entering the cylinder.

Hence, in case the engine is able to run on ST and HCCI mode, the hydrogen firstly has to be separated
from the uncracked ammonia, nitrogen and water vapor in the anode-off gas. A vapor condenser at the
end of the anode is necessary to remove water and reduce the temperature of the mass flow. Next, a
hydrogen separation membrane should be placed between the vapor condenser and hydrogen storage
tank to extract the hydrogen from the nitrogen and leftover ammonia in case pure hydrogen is preferred.
Recent developments by CSIRO led to a new membrane design, in which the thin layered metal structure
allow hydrogen to pass through the membrane while blocking all other gasses [136]. The high-purity
hydrogen gas can than be stored in compressed gas tanks. Another company named Bettergy has made
great progress in the development of a high temperature applicable and low cost hydrogen separation
membrane that is based on composites [137].

8.5.3 Hydrogen storage

When taking a glance at the refueling aspect of automotive hydrogen vehicles, the hydrogen can either
be produced on-site or delivered to the hydrogen refueling stations. On-site hydrogen generation from
ammonia is steadily increasing in popularity as ammonia provides in contrast to hydrogen a much better
storage and transportation capability. Furthermore, the regulatory and financial barriers are also much
lower in comparison to liquid hydrogen transport [138]. Hence, for ships, it is recommended to obtain
the stored hydrogen from on-board production rather than from hydrogen delivery stations.

Storing pure gaseous or liquid hydrogen is costly and it must be either compressed to extremely high
pressures (in the order of 800 [bar] at room temperature) or cooled down significantly for liquefaction
at cryogenic temperatures (ranging from -150 [°C] to -273 [°C]) as can be seen in Figure 8.3b in order
to achieve proper storage capabilities [58]. Furthermore, hydrogen can be stored inside a material as
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depicted in Figure 8.3a. The material-based hydrogen storage method can be divided in three classes:
hydride storage systems, liquid (organic) carriers and surface storage systems (sorbents) in which the
hydrogen is taken up by adsorption [27].
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Figure 8.3: (a) Possibilities to store hydrogen [27] and (b) net storage density of hydrogen under certain
pressure and temperature conditions [28].

Most of the mentioned hydrogen storage methods are, however, still under development and are of-
ten inadequate because of the low storage density, the long charge and discharge time and the high cost.
Hydrogen storage is mainly needed to provide a sufficient hydrogen flow rate to the ICE during transient
loading and a cold start. This means that the response rate of the tank is crucial and should therefore
be more important than efficient storing in terms of high gravi- and volumetric energy densities. The
compressed pure hydrogen gas storage design might be the best option, however, the temperature of the
pressurised hydrogen gas is limited to 40 [°C]. The high temperature hydrogen gas leaving the hydrogen
separator membrane has to be drastically cooled that may lead to higher system exergy losses.

8.6 Alternative system designs

8.6.1 Introduction

Most ship types are typically operating at a wide range of operational conditions. Because of this, the
hydrogen dependency of the ICE has to be continuously in harmony with the hydrogen output of the
SOFC.

In this respect, an electric propulsion system layout could be a more viable solution because of its
high flexibility. Hence, in case of electric drive, the internal combustion engines that are connected to
a generator can run on its optimal efficiency configuration. This enables the engine operate at its best
rotational speed and engine load, commonly at around 75-80% of the maximum continuous ratings
(MCR). This eliminates combustion problems which usually occur at part load or an abrupt change in
engine load. Since the power demand on-board of ships is not always constant and are highly influenced
by its operational profile, batteries are most likely required to temporary store the excessive amount of
generated electricity. Nonetheless, electric propulsion is generally more expensive in comparison to
direct mechanical drive. Large batteries and generators are necessary, which may negatively impact the
overall efficiency of the system. However, in case the propulsion demand is fluctuating a lot, for instance,
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Figure 8.4: Ship speed and power demand of a short-range inland ferry [29].

for short-range inland ferries (Figure 8.5, an electric propulsion system may become a more interesting
option.

On the other hand, an ICE only system design depicted in Figure 8.6 may also be an interesting design
option that is able to cope with transient loading. In this design, the HCCI engines are not dependent
on the heat and hydrogen outflow from the SOFC, but solely on the electrolyzer and electric heater that
both have fast response rates. This simplifies the system and enables the HCCI engines to cope with fast
changing load conditions. This comes at the cost of a lower overall system efficiency since ammonia fu-
eled SOFCs can reach higher electric efficiencies at around 50%, while hydrogen-ammonia fueled HCCI
engines are stuck at around 30 to 35%.
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Figure 8.5: System design of the SOFC-ICE combination in case of electric propulsion.
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Chapter 9

Conclusions and recommendations

In this chapter the conclusions of this thesis are discussed along with recommendations for further re-
search. First the sub questions are discussed, followed by the main question.

9.1 Conclusions

Sub question 1: Which ignition method is preferred for hydrogen-ammonia combustion?

* HCCI combustion is considered as the preferred ignition method, since it combines the best fea-
tures of diesel and gasoline to produce diesel like power while maintaining gasoline-like emis-
sions. However, hydrogen-ammonia combustion inside HCCI engines is a novel concept that still
requires lots of large-scale experiments to find the optimal engine geometry, operating range and
hydrogen concentration.

* Other ignition methods, such as spark ignition and compression ignition methods are less suit-
able. Ammonia combustion inside an SI engine is not optimal because of the high auto-ignition
resistance and low flame propagation speed of ammonia. Hence, poor engine efficiencies and a
large amount of unburned fuel are more likely to occur during spark ignition. In addition, the
power density of SI engines has been observed to be considerably lower than that of the modeled
HCCI engine (IMEP of 0.85 [bar] for the SI engine compared to 2.57 [bar] for the HCCI engine;
FuelMEP of2.4 [bar] and 8.8 [bar], respectively). 1

* Compression ignition is largely affected by great amounts of NOx production inside the flame
zone. The NOx is primarily produced from fuel-bound nitrogen, which can unlike the nitrogen
(N>) in air easily re-bond with free oxygen during the combustion process.

* However, because of the generally small load-range during HCCI combustion, the engine should
have the option to switch to SI or diesel mode, when the load cannot be satisfied. This so called
"Hybrid mode’ is an optimal way to increase the load range of the engine. Here, the engine is
operating in HCCI mode during low to medium load and engine speed conditions, while SI mode
is activated during the cold start, idling and at high loads.

Sub question 2: How will engine scaling impact the combustion characteristics and which scaling
law is the most suitable when considering the hydrogen-ammonia fueled HCCI test engine?

1Both the HCCI and SI engine [98] are running on the same engine speed. The hydrogen content from the SI engine is 40
vol.%, which is slightly higher in comparison to the 38H from the HCCI engine.
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* The scaling laws” are the most effective when two conditions are met. First, the geometric sim-
ilarity have to be maximised, so that both engines have similar boundary conditions. Secondly,
matching combustion characteristics are needed to achieve similarity in engine performances and
emissions. However, smaller engines have in contrast to larger engines a relatively greater surface
to volume ratio. As a result, smaller engines are subjected to proportionally larger convective heat
transfer losses, which translate to a lower pressure rise rate and peak cylinder pressure. Hence,
when both engines are operating at the same initial conditions, a higher pressure trace and overall
efficiency can be expected in favour of the larger engine. In an ideal situation, the amount of heat
release and heat loss are proportional to the in-cylinder volume (L%) 3. However, the S Law, P Law
and L Law have shown heat loss scaling factors of L[247 [257 and 281, respectively, for a 47 vol.
hydrogen fuel blend.

* However, apart from the heat release and heat loss, the combustion characteristics are important
to consider when using the same pressure trace after scaling. In this respect, the S Law can be con-
sidered the best scaling law, since the combustion phasing of both engines can be matched, which
enables the combustion process to happen at the same crank angle time basis. This is important
for HCCI engines since the combustion characteristics are dictated by the chemical reaction rates.

* Although the S Law has shown the least favourable heat loss scaling factor, additional heat loss
calibration can drastically reduce the relative heat loss difference between the scaled and baseline
engine. For example, decreasing the wall temperature for the scaled engine lead to a matching
cumulative heat loss per mg injected fuel for both engines, but, this method requires a thermal
system management strategy, when applied to a real case scenario. However, lowering the wall
temperature will result in less optimistic power output than in reality for the scaled engine.

* Allin all, engine scaling can be used in obtaining a first impression of the performance output of a
marine sized hydrogen-ammonia fueled HCCI engine. However, the results are limited because of
the matching combustion characteristics requirement. Marine sized engines typically have greater
indicated efficiencies compared to automotive sized engines. Hence, for accurate in-cylinder per-
formance analysis, the scaling laws cannot replace large-scale marine sized engine experiments.

Sub question 3: How will changes in the engine’s intake conditions affect the start of combustion and
the performance when considering hydrogen-ammonia fueled HCCI engines?

* The intake conditions considered in the Modified Knock Integral Model (MKIM) and Wiebe model
for the parametric study are the inlet pressure, engine speed, equivalence ratio and inlet tempera-
ture. Changing the inlet pressure has shown the greatest impact on the engine performance. When
increasing the inlet pressure from 1.6 [bar] to 5.6 [bar], the indicated power output increased from
11.80 [kW] to 44.38 [bar]. However, an increase in inlet pressure leads to a higher maximum pres-
sure, higher maximum temperature and an earlier start of combustion, which is unfavourable for
the engine’s structural rigidity.

» Secondly, a greater engine speed will lead to a retardation in the SOC, because of the shortening
of the real time combustion period. The transition from 1500 [rpm] to 2000 [rpm] has shown
an almost 50% increase in the indicated power. Disadvantages of increasing the engine speed are

2Tt is necessary to use a scaling law since the available data for hydrogen-ammonia HCCI engines are based on automotive
sized engines and not marine sized engines.

Dpa

3Lis here the scaling factor based on the size of the engine bore (L = D_Bz)'
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a reduction in the maximum temperature, an increase in durability problem and an increase in
noise. If this is not an issue, then higher engine speeds are preferred because of the lower NOx
emissions and higher power densities.

* Thirdly, deviations in the equivalence ratio have not shown to have a large impact on the SOC.
Increasing the equivalence ratio increases the maximum temperature, but leads to larger pressure
peaks and a shortening of the burn duration. For HCCI combustion, a higher burn duration is
generally more beneficial to spread the heat release distribution and, therefore, also decreases the
peak stresses on the engine’s structure. Hence, for the equivalence ratio, a compromise has to
be made between a longer combustion duration and maintaining a maximum temperature above
1400 [K] to obtain a high combustion efficiency. The equivalence ratio should preferably be as
high as possible and will most likely be limited by the structural capability of the engine.

e Finally, the intake temperature plays a crucial factor in the location of the start of combustion crank
angle. A small change in the baseline inlet temperature leads to large changes in the location of
the SOC. For example, a decrease of 474 [K] to 465 [K] has shown a retardation of the SOC from
0to 4.89 [CADaTDC] and further lowering the temperature leads to misfire. An increase in inlet
temperature results in an earlier heat release that is happening during the compression stroke,
leading to a lower indicated power. Therefore, it is important to calibrate the inlet temperature to
ensure the combustion timing to take place at TDC.

Sub question 4: What should be the preferred hydrogen-ammonia fuel blend ratio for HCCI
combustion?

* The hydrogen-ammonia ratio has a direct influence on the maximum in-cylinder temperature.
Hydrogen-ammonia HCCI engine experiments by Pochet et al. [2] have shown that a maximum
temperature above 1400 [K] is necessary to keep the unburned ammonia concentration to a min-
imum. Maximum temperatures above 1400 [K] are more difficult to achieve at higher ammonia
concentrations. The in-cylinder model has shown a decrease in Tj,,, from 1480 [K] to 1389 [K],
when lowering the hydrogen ratio from 47H to 31H.

* However, higher ammonia fractions will lead to a more spread out combustion event and a lower
HRR peak, which is beneficial since HCCI combustion is commonly afflicted by rapid heat release
rates and very high maximum pressures. The 31H fuel blend from the in-cylinder model has shown
a factor 1.05 lower IMEP value compared to 47H (2.53 [bar] versus 2.65 [bar]), while its maximum
HRR and Py, 4 are, respectively, 1.34 and 1.22 times lower. Hence, the optimal ammonia fraction
should preferably be as high as possible, while maintaining a T}, above 1400 [K].

e Finally, in case the HCCI engine is integrated in an SOFC-ICE combination, the engine’s inlet tem-
perature is influenced by the heat exchange from the SOFC. This faces the challenge that the heat
exchange has to be perfectly tuned during transient loading in which the inlet temperature control
system requires a high response rate. Adjustments in the fuel composition could also play a po-
tential role in keeping the engine outside the early undesired knock and misfire region. It has been
observed that a 47H fuel blend needs a lower fuel mass flow in contrast to 31H, which means that
less heat is necessary to heat the air and fuel mixture. In case the heat exchange from the SOFC
unexpectedly drops down, an increase in hydrogen fraction could still keep the engine running at
the same load range, while keeping the same hydrogen-ammonia ratio will lead to a retardation of
the SOC because of the decrease in inlet temperature. Hence, the hydrogen-ammonia ratio should
not be fixed to one value, but should be adjustable according to its operational condition.
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Sub question 5: What should be the expected indicated power output and the fuel flow for a
hydrogen-ammonia fueled marine sized HCCI engine?

 From the S Law’scaled in-cylinder model in Chapter 6, a maximum indicated power output per

cylinder of 11.93 [kW] and 11.40 [kW] was found for a 47H and 31H fuel blend, respectively. This
required a fuel mass flow demand of 1.41 [g/s] and 1.74 [g/s]. The maximum indicated power
output are for both fuel blends on the low side, since its mean indicated pressure of 2.65 [bar] is
noticeably smaller in contrast to conventional natural aspiring engines that are typically operating
at pme values ranging from 5 to 6.2 [bar] [104].

Hence, some modifications in the initial conditions have been proposed to enhance the power
output of the engine. First, the charged air pressure has been increased from 1.6 [bar] to 4.6 [bar]
with the addition of a turbocharger. In addition, the engine speed has been increased from 1500
[r pm] to 2000 [r pm], while the equivalence ratio has been decreased from 0.26 [[—]] to 0.20 [[—]]
to extend the burn duration. At last the inlet temperature has been optimized to enable the SOC to
happen at TDC. The modifications in inlet conditions lead to an indicated power output of 36.72
[kW] and 34.54 [kW] and a fuel mass flow demand of 8.75 [g/s] and 10.41 [g/s] for a47H and 31H
fuel blend, respectively. These values are closer to the target 50 [kW] and 170 [mm] stroke engine
that TNO is working on.

Sub question 6: What are the major technical limitations in the SOFC-ICE system when the engine is
running in HCCI mode and how can these problems be mitigated?

* Cold start: The unburned ammonia concentration in the exhaust gas for an ICE during a cold start

is about four times higher than that during warmed up operations [26]. Therefore it is necessary to
increase the hydrogen ratio during startup. This means that a suitable amount of hydrogen should
already be available during a cold start. A possible solution is to have a hydrogen storage tank
which will be recharged when the engines are running at normal conditions. Another option is to
place a redox converter and ammonia adsorber at the engine exhaust flow outlet as proposed by
Koike et al. [26]. Emission control during a cold start is still one of the major challenges that have
to be solved before ammonia fueled ICEs can be widely used on the market. A way to heat the
SOEFC to operational temperatures is the use of an electrical heater that heats up one SOFC cell to
operational temperatures.

NOx emissions: NOx is primarily produced from fuel-bound nitrogen and is prone to oxidation.
One way to significantly remove the nitrogen oxides from the exhaust gas (as high as 85 to 90%) is
to apply a selective catalytic reduction (SCR) on-board of the ship [21]. The residual ammonia in
the exhaust could be used as an additive to the SCR system. The operating temperature of SCRs
ranges between 550 to 750 [K] [98], which means that the exhaust gas of the in-cylinder model (600
[K]) does not have to be reheated before entering the SCR.

Hydrogen production: Combustion instability and low efficiencies, especially at part loads are
common for ammonia engines that are operating at low hydrogen concentrations, due to the nar-
row flammable limits and low flame speed of ammonia [26]. Additional hydrogen production is
not only required during a cold start but may also be needed for the ICE to cope with transient
loading. During transient loading, the hydrogen supply from the SOFC to the ICE is probably in-
sufficient and therefore an external hydrogen method is necessary. A method to produce hydrogen
at ambient temperatures is the use of an ammonia electrolytic cell (AEC) [132]. According to Vitse

4The engine has been scaled from an 88[mm] stroke to 170 [mml].
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et al. [133] the theoretical electrolysis of ammonia requires only around 5% of the energy needed
for water electrolysis at similar standard conditions.

* Fluctuating hydrogen demand: In the case of excess hydrogen from the SOFC, a hydrogen tank
may be necessary to temporarily store the anode-off gas hydrogen. The size and type of the hydro-
gen storage depend on the response rate of the indirect reformer/ electrolyzer and the minimum
amount of hydrogen needed for a cold start. The hydrogen storage is mainly needed to provide a
sufficient hydrogen flow rate to the ICE during transient loading and a cold start. This means that
the reaction response of the tank is crucial and should therefore be more important than efficient
storing in terms of high gravi- and volumetric energy densities. The compressed pure hydrogen
gas storage design might be the best option, however, the temperature of the pressurised hydro-
gen gas is limited to 40 [°C]. The high temperature hydrogen gas leaving the hydrogen separator
membrane has to be drastically cooled, which requires additional heat exchangers that will lead to
higher system exergy losses.

Main question: What is the impact of hydrogen-ammonia combustion on the performance of a
marine-sized engine in relation to ammonia fueled SOFC-ICE system design, and how to quantify
the operation of the hydrogen-ammonia engine to investigate energy efficiency, engine scaling, and
engine performance?

Hydrogen-ammonia combustion inside an internal combustion engine is a novel concept that includes
lots of unexplored areas. In this thesis, four models have been developed including the in-cylinder
model, scaled engine model, MKIM and the Wiebe function to answer the main research question stated
in Section 1.3. Firstly, from the in-cylinder model it can be concluded that hydrogen-ammonia HCCI
combustion has shown stable engine performances at volumetric hydrogen concentrations between
31% and 47%. Secondly, scaling laws are more accurate for small differences in bore sizes between the
baseline and scaled engine. Hence, it is not recommended to scale an automotive sized engine to a
marine or truck sized variant, since this will affect the accuracy of the scaled model as a result of the
noticeable difference in combustion characteristics between both engines. However, because of the ab-
sence of hydrogen-ammonia experiments on marine sized engines, theoretical engine scaling laws are
the sole methods to obtain insight in the power output of larger sized engines. The S Law has shown
respectable results in terms of combustion characteristics after the heat loss calibration. However, this
modelling approach will show less optimistic power outputs in comparison to a real case scenario.

At last, from the MKIM and Wiebe function, a list of variations in the initial conditions have been an-
alyzed in the parametric study to obtain insight into how these variations will impact the HCCI engine’s
combustion characteristics. The analysis showed that the location of the HCCI engine’s start of combus-
tion crank angle is largely controlled by the intake temperature, while the intake pressure has the highest
influence on the power output. From the parametric study it became evident that the performance of
the HCCI engine is greatly affected by the intake conditions, which makes the integration of HCCI mode
inside an SOFC-ICE design combination a risky move because of the slow response rate of the SOFC. In
order to use HCCI mode, a dynamic ignition control system is necessary, in which the engine should be
able to anticipate whether the shift in SOC is within its operational area. If not, adjustments in the inlet
temperature, injected fuel mass, equivalence ratio, effective compression ratio and/or fuel composition
are necessary to stay outside the early undesired knock and misfire region.

9.2 Recommendations and future works

* First and foremost, the in-cylinder model discussed in Chapter 5 should be verified and validated
using a complete experimental data set. The model’s accuracy is deteriorated since it has been

CONCLUSIONS AND RECOMMENDATIONS
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based on large numbers of assumptions and incomplete pressure distributions. In addition, the
exact heat transfer coefficients and cylinder wall temperatures for the heat loss model are un-
known and for more accurate results, these values have to be determined using detailed heat flux
measurements. Thus, new sets of large-scaled hydrogen-ammonia fueled engine experiments are
necessary to obtain a more accurate and reliable hydrogen-ammonia HCCI engine model. The
experiments should preferably be conducted on marine sized engines, since the implementation
of scaling laws will lead to less optimistic and less accurate engine performances because of the
additional heat loss calibration.

* Besides a complete set of experimental data, the accuracy of the in-cylinder model could be en-
hanced by replacingits single-zone heat release model for a multi-zone model that includes crevice
and quench layer zones. This is especially important for ammonia fuel because of its low propa-
gation speed and long quenching distance. In addition, the upgrade to a multi-zone model also
showed more accurate results in predicting the auto-ignition timing.

¢ In order to obtain a more accurate MKIM model, the start values discussed in Section 7.5.1 have
to be optimized for hydrogen-ammonia combustion. In an ideal situation, these values are ex-
perimentally obtained from a rapid compression machine for each hydrogen-ammonia ratio. In
addition, the MKIM empirical parameters should be further optimised using engine data from a
range of operational conditions.

* The parametric study in Section 7.7 may not be accurate since the m value in the Wiebe model
does not vary at different initial conditions. Therefore, engine experiments are necessary to val-
idate the results from the parametric study. In addition, the single-Wiebe model becomes inac-
curate after reaching 190 [CAD] as can be seen in Figure 7.11a. Hence, a double-Wiebe or triple-
Wiebe model may lead to more accurate results. In addition, the over prediction in the Single-
Wiebe function is caused by the slower combustion phase near the cylinder walls that is neglected
in the single-zone heat release model. In this respect, a multi-zone approach in which a separate
wall-zone is included in the model could offer more accurate results.

* The practicality of proton conducting SOFCs (SOFC-H) inside an SOFC-ICE combination has to be
investigated. This type of fuel cell can operate at lower temperatures which enhances the durability
of the stack. In addition, the absence of water in the output of the anode removes the vapor con-
denser subsystem requirement that would otherwise be placed between the anode-off gas and the
hydrogen storage tank. For the HCCI engine, its intake temperature requirement can be reduced
when the engine is running at higher compression ratios. A lower intake temperature could po-
tentially also lead to a higher power output, since more fuel and air can be injected in the cylinder
because of the increased inlet air density.

* In case of an HCCI-SI hybrid system, the transition between both ignition methods has to be stud-
ied thoroughly for hydrogen-ammonia fuel. There are great differences in the initial conditions
between HCCI and SI combustion. For instance, the hydrogen-ammonia fueled SI engine in [98]
uses an inlet temperature of 323 [K] and an equivalence ratio of 1, which is different in contrast to
the requirements for the HCCI engine (474 [K] and 0.26). The transition from SI to HCCI combus-
tion is therefore a complex process that requires high level of dynamic control. The latter becomes
even more challenging when we want to have a stable transition during transient loading.

e Finally, the SOFC-ICE design has to be dynamically modeled to gain insight into the performance
of the combination during transient loading. The model should include the response rates of all
subsystems (i.e. electrolyzer/indirect reformer and hydrogen tank).
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Appendix A

Analysis of various ship types

A.1 Chapter overview

The ammonia driven SOFC-ICE concept provides a great overall efficiency, however, limitations in the
system design makes the concept not useful for all different ship types. In this chapter the most promis-
ing ship types will be analysed based on several criteria.

A.2 Criteria

1. Waste heat recovery

As mentioned in Chapter 2, high overall efficiencies of the SOFC-ICE system greatly depend on the max-
imum utilization of the generated waste heat. Nonetheless, not all ship types can benefit from the latter
CHP configuration. For instance, the heat demand for cruise ships is significantly higher in contrast to
standard cargo vessels. A huge portion of the heat is needed for passenger and crew accommodation,
HVAC pre-heater and for the hot water heater [31]. Engine heat recovery systems and large auxiliary
boilers are being used to satisfy the demand. These boilers also have the function to cover the periods of
mismatch between the availability of waste heat and the heat demand. In terms of exhaust gas recovery,
the recommended exhaust temperature after heat exchange should not go below 180 [°C] to minimize
the risk of corrosion [139]. Fishing trawlers generally only require low temperature heat for defrosting
the evaporation heat exchangers. In this respect, the high temperature waste heat can only flow through
a turbine to create additional electricity. This will, however, not fully utilise the available waste heat en-
ergy. Factory fishing vessels, specialised in canning on the other hand, do need steam to be used for the
cooking process.

2. SOFC-ICE ratio

The operational range of the ammonia hydrogen fueled ICE is limited by the occurrence of ringing and
knocking. Therefore the hydrogen flow supplied to the ICE has to stay within the boundaries during full
load and part load. As mentioned in the preliminary system configuration, the SOFC will be predom-
inantly used to power the auxiliary systems, while the ICE is mechanically connected to the propeller.
As depicted in Figure A.1a, the power requirement for the propulsion system is usually 3-4 times higher
than that of the auxiliary systems. However, some ship types, including fishing and offshore vessels re-
quire auxiliary propulsion ratios in the order of 0.4-0.5. The preferred vessel type will be selected using
the results from the dynamic model.

ANALYSIS OF VARIOUS SHIP TYPES
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3. Operational profile

In contrary to IC engines, start up times for SOFCs are considerably longer and are also not designed for
transient loading. Because of this, a vessel type which requires a long and steady demand of auxiliary and
propulsion power is favored for the SOFC-ICE system. A major disadvantage of the SOFC-ICE layout is
the ICE’s hydrogen dependency. In other words, the SOFC has to run continuously to provide enough hy-
drogen for the ICE. Therefore vessel types with low deviations in propulsion and electric power demands
are highly favored. Long distance cargo vessels equipped with slow-speed direct driven ICEs could bene-
fit from the SOFC-ICE layout, since they are usually operating at a single cruising speeds. The deviations
in the heat and electric power requirement for cruise ships on the other hand are typically much smaller
in contrast to the propulsion power as can be seen in Figure A.1b. When no propulsion power is required,
the hydrogen storage tank has to be big enough to temporarily store the hydrogen gas from the anode-off
gas. Another solution is to temporarily lead the anode-off gas together with the cathode-off gas into a
burner to create additional heat.

e B
Ship categories 2010 World fleet Mediterranean Sea 20901
fleet (2006)

Liquid bulk ships 0.30 0.35 _ 6000
Dry bulk carriers 0.30 0.39 H
Container 0.25 0.27 g 4000
General Cargo 0.23 0.35 g
Ro Ro Cargo 0.24 0.39
Passenger 0.16 0.27 20007
Fishing 0.39 0.47
Other 0.35 0.18 0
T .1 ' : : . ! ‘ ’ ' '

ugs _ i 0.10 o » e 0100\’ ® o o® ¥ A o N 0&\&1 o 20 0&&13

(a) Time [MM-DD HH]
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Figure A.1: (a) Estimated average vessel ratio of auxiliary propulsion for various ship types [30]. (b) Mea-
sured propulsion, electric power and heat requirement for a cruise ship during a 24h operation, winter
(31 January) [31].

4. Safety

Great precaution measurements have to be taken for the ammonia storage and transport design, because
of its toxicity to the environment. The risk and impact of ammonia leakage is more problematic for
passenger vessels in contrast to cargo and off-shore vessels. Although proper ventilation and a doubled-
walled piping design can significantly mitigate the impact, cargo vessels have the additional benefit of
having sufficient gas masks on-board and a trained crew to cope with the situation.

5. Convenience

Yacht owners typically favor comfort, efficiency and total cost over fast traveling. Depending on the
size of the vessel, diesel or battery electric propulsion systems provide convenient, less complex and
fast responsive system designs. Passengers generally do not care about the type of power plant as long
as it does not make noise or leave soot on the decks. In this case an SOFC-ICE combination could be
beneficial in reducing noise and vibrations because of the smaller size of the diesel engine.
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6. Expenditures

Carbon neutral fuels have shown much lower volumetric densities in comparison to nowadays bunker
fuels. In this respect, more expensive and efficient system layouts to save on fuel and storage space or
lengthen the travel distance may be more cost-effective to reduce the overall cost. Cruise ships and long
distance cargo vessels are therefore interesting options.

A.2.1 Overview

Table A.1: Overview of the criteria analysis, in which the fishing ship has been set to zero for comparison.

Cruise Fishing Cargo Ferry Yacht off-shore

Waste heat ++ 0 0 + + 0
Operational profile - 0 ++ - - -
Safety -- 0 + - 0 n
Convenience 0 0 ++ 0 - - 0
Expenditures ++ 0 + ++ -- 0

A.3 Ship proposal

From the criteria analysis in Appendix A, cruise ships can benefit the most from the SOFC-ICE layout.
The recently adopted greenhouse gas reduction strategy by IMO discussed in Chapter 1 and the fast
growing rate of cruise ship passengers, which have increased from 17.8 M in 2009 to 25.8 M in 2017 [140]
are great challenges faced by the cruise industry. Cruises are among the most carbon intensive in the
whole tourism industry, with an estimated average of 160 [kg] per passenger and per day [141]. Growing
attention has been displayed on energy efficiency and the transition from fossil fuel to a more emission
free approach, making it for a ship easier to dock at a heavily regulated harbour. Zero carbon fuels have a
much lower volumetric energy density, meaning that carbon neutral cruise ships will need much larger
fuel storage tanks resulting in less capacity for passengers. Some advantages of an SOFC-ICE layout are,
waste heat recovery and the much higher system efficiency because of the SOFC. This will significantly
decrease the fuel consumption and therefore also the size of the fuel storage.

Because of the hydrogen dependency of the ICE, large deviations in its operational profile are difficult
to manage for the SOFC-ICE layout. Large hydrogen tanks and batteries are needed to maintain the
stability of the system. In this respect, long distance direct driven cargo ships can also benefit from the
SOFC-ICE layout. Those ships are usually operating at one cruising speed, which will result in a less
deviated propulsion and auxiliary power demand throughout the time.

ANALYSIS OF VARIOUS SHIP TYPES
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Appendix B

HCCI engine model supplementation

B.1 Chapter overview

B.2 Data acquisition

As mentioned in Chapter 5, the pressure crank angle Figures that are required for the HRR model are
obtained from the paper by pochet et al. [23]. To get an acceptable accuracy, a plot digitizer has been
used for the data extraction. In addition, the step size for the crank angle has been chosen tobe 0.1 [CAD]
to maintain a decent accuracy for the HRR and temperature block model. Therefore, interpolation of the
pressure crank angle data is necessary to determine the missing values for each crank angle step:

Y2—n
X2 —X1

y=y1+x-x) (B.1)

B.2.1 Pressure crank angle HCCI engine

The pressure crank angle Figures from Pochet only provide data for crank angles between -30 to 30
[CAD], meaning that the remaining part of the 4-stroke combustion cycle process has to be manually
extended. The pressure trace from Sapra, which is based on hydrogen natural gas combustion gives us a
slight indication on how to fill in the missing data gaps. As can be seen in Figure B.1b, his pressure data
fits almost seamlessly with the HCCI data at the ranges -360 to -10 [CAD]. The slope during compression
has been slightly modified to comply with the 1.5 [bar] inlet pressure requirement at inlet valve opening
(IVO).

B.2.2 Rightside (expansion stroke) extension

Finding a reasonable extension for the pressure distribution after reaching 30 [C AD] is much more diffi-
cult, since the hydrogen natural gas data does not overlap the HCCI data. As can be seen in Figure B.1b,
the experiment performed by Sapra has shown a significantly larger delay of the maximum pressure.

For 55% hydrogen, five different pressure crank angle variations as shown in the Figure B.2 have been
investigated. The versions V1 and V5 can be seen as the lower and upper limit, respectively. For V5, we
assume that the pressure distribution eventually converges with the NG data from Harsh, resulting in
identical p6 values. V1 on the other hand, has been based on the already known slope at 30 [CAD],
which has been extrapolated. In this case, the p6 value is almost 2.5 times lower compared to the V5
version. Variations V2, V3 and V4 are in between the upper and under boundaries.

As shown in Figure B.3a, for all pressure crank angle variations, the heat release rate is approaching
zero at 205 [CAD]. This is because the pressure crank angle values between 150-210 [CAD] are known

HCCI ENGINE MODEL SUPPLEMENTATION
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Figure B.1: (a) Pressure crank angle HCCI data for various hydrogen concentrations plotted together with
the hydrogen NG data from Harsh [32]. (b) Close up pressure crank angle diagram.
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Figure B.2: Pressure crank angle variations for 55% hydrogen

from the HCCI data and this may imply that there is no late combustion after 205 [CAD]. In addition,
the RCO slope (Figure B.3a), which is almost zero between 190 and 205 [CAD] can be seen as another
indication of no late combustion after 205 [CAD]. Taking this into account, V1 has been modified to
get a nearly zero heat release rate after 205 [CAD] and will be used in the in-cylinder model. It must be
clarified that this V1 extension only applies for the 55% hydrogen pressure crank angle, meaning that the
right side extension has to be re-calibrated, when using different hydrogen-ammonia ratios.
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Figure B.3: (a) The RCO and (b) HRR slope for the five different variations.

B.3 Cylinder process model

This section gives an concise overview of the mass balance and composition model components and the
fuel and air property components that are part of the in-cylinder model described in Chapter 5.

B.3.1 Initial conditions and input parameters

It is assumed that the gas mixture from the trapped condition (BDC) inside the cylinder obeys the ideal
gas equation, in which R is the molar ideal gas constant:

P Vic=R-T; (B.2)

Gas constant

The gas constant can be calculated using Equation B.3 in which R is the universal gas constant 8.31441
[KJ/kmol/K] and M the molecular weight (M) [kg/kmol]. The change in R can normally be neglected
for fossil fuels, since there is only a slight increase in molecular weight during combustion. The gas
constant value for air is therefore almost similar to that of the exhaust gas. However, this is not the case
for hydrogen combustion, meaning that the change in R during each crank angle for hydrogen-ammonia
combustion has to be taken into consideration.

(B.4)

R _
R=— (B.3) M=

I, n
The overall in-cylinder gas constant can be determined by Equation B.5. To do this, the mass fraction of

each component has to be calculated at every crank angle (steps of 0.1 [CAD]):

Rmixture = Xair * Rair + Xsg - Rsg + Xfuel " Rfuel (B.5)

Mass balance
To get the mass fractions, first a mass balance inside the control volume has to be established.

Mior = M§f+ Mgjr + Msg (B.6)

HCCI ENGINE MODEL SUPPLEMENTATION
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The mass of the fuel (m £) can be obtained by integrating the combustion reaction rate (CRR) from the
HRR model.

mp = RCOszRR (B.7)

In order to determine the mass of air (mg;,), first the trapped air fraction (m4;,;) and the trapped in-
cylinder mass (m;) have to be calculated.

Mair = Xair,t* My —Myf-0 (B.8)

msg:xrg,t-mt+mf-(o+1) (B.9)

The trapped mass can be estimated from the ideal gas law, in which the trapped volume and pressure
are obtained from the engine measurements. The trapped gas constant (R;) of the mixture can be easily
determined from Equation B.3.

_Pe-Vi
"R, Ty
At last, the trapped mass temperature can be determined from Equation B.11, in which V;¢, Vic and Vg
are the in-cylinder volumes at inlet valve closing, outlet valve closing and inlet valve opening, respec-
tively.

1 _Vie=Vio . _Vec-Ppia

- (B.11)
T:  Vic-Tina Vic Pt Thia
Mass fraction
m
xp = 7 (B.12)
m
An in-detail derivation of x,;,; can be found in the paper written by Sapra et al. [32].
Mgi 1=Xrg1)-0-A
Xairt = ant = '8t (B.13)
ms og-A+1
m
Xog = —2 (B.14)
m
The summation of the mass fractions should equal 1:
Xair + Xsg+Xp =1 (B.15)

B.3.2 In-cylinder gas properties

In order to obtain the gas properties, we assume the in-cylinder gas to be defined as two mixtures (air and
stoichiometric gas) that are considered to be mixtures of several types of molecules. The composition of
the mixture can be regarded as a function of temperature, if we assume the mixture to be ideal but non-
perfect. Then the gas properties can be easily determined by combining the species fractions which are
obeying the ideal mixture [91]. The specific heats of the stoichiometric gas is always higher than that of
air, since the combustion product (H,O) has a higher specific heat than the oxidizer O,.

For each of the components in the air and stoichiometric gas mixture, a power series of the temper-
ature is required to obtain the specific heat at constant pressure. The air components j are Ny, Oy, Ar
and CO-, while the stoichiometric gas components j consist of N», Ar, CO, and H>»O.

m
2 k-1 m—1 k-1
cp,j:al,j+a2,j-6+a3,j-9 ..... ak,]wG ..... am,j-H = E ak,j-O (B.16)
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Here the temperature 6 that will be used consists of a temperature shift (Tsp; ) and a normalized tem-

perature (Tyorm).

T =Tsnife

0 (B.17)

Tnarm

The specific heat based power terms (k = 1 to 5) do not give accurate results for all temperature ranges.
In this respect, different power terms have to be used for temperatures below 1000 [K] and higher than
1000 [K], which can be found in Table B.1.

Table B.1: Coefficients for the polynomial to calculate c, [35] for the air.

ay ap as ay as Range [K]
N, 3.5310 -1.2366e % -5.0300e 7 2.4353 ¢ -1.4088 ¢ 12 < 1000
N, 2.9526 1.3969 e73  -4.9263 ¢’ 7.860le !l -4.6076 ¢ 1° > 1000
O, 3.7825 -2.9967e 3 9.8473e¢7 % -96813e¢° 3.2437e¢712 < 1000
0, 3.6610 6.5636 e™* -1.4115e 7 2.0580 e 'l -1.2991 ¢71° > 1000
Ar 2.5000 0 0 0 0 < 1000
Ar 2.5000 0 0 0 0 > 1000
CO, 23568  89846e 3 -7.1236e % 2.4592¢° -1.4370e¢713 < 1000
CO,  4.6366 2.7413 3 -9.9583e¢ 7 1.6037e¢7 " -9.1610e71° > 1000
H,O 725575 -6.62453e7 ! 25620e73 -4.3659 ¢ 2.7818e79 < 1000
H,0 0 0 0 0 0 > 1000

When the air mass fraction is known, the overall entropy of the air and stoichiometric gas mixture
can be determined:

dhj=cp;-dT (B.18)

h = Xair - hair + (1 = Xair) - Rsg (B.19)
du=c,-dT (B.20)
u=x-Ugir+(1—%) - usg (B.21)

The same procedure has to be followed for the calculation of ¢y, fye; and hyye;. The polynomial coeffi-
cients for nitrogen have to be taken into account if a hydrogen nitrogen mixture is being used instead of
pure hydrogen. This could be the case when the hydrogen in the anode-off gas is not extracted from the
exhaust gas.

HCCI ENGINE MODEL SUPPLEMENTATION
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Table B.2: Coefficients for the polynomial to calculate ¢, [35] for the fuel.

a a as as as Range [K]
NH; 4.3018 -4.7713e™3 2.1934e™® -2.2986e7 8 8.2899 ¢ 12 < 1000
NH; 27171 55686e73 -1.7689e7 5 26742710 -15273¢7 14 > 1000
H, 2.3443  7.9805e¢7% -1.9478e7° 2.0157e® -7.3761e¢712 < 1000
H, 2.9329 8.266le* -1.4640e 7 1.5410e7'! -6.8880¢716 > 1000
N, 3.5310 -1.2366e % -5.0300e™7 2.4353e7Y -1.4088 ¢ 12 <1000
N, 2.9526  1.3969e¢73 -4.9263¢ 7 7.8601e ! -4.6076¢71° > 1000

B.4 Seiliger model

The Seiliger model has been developed to obtain insight in the distribution of the heat release during
the combustion process. In addition, the results can also serve as a foundation for the development of
a complete ICE model, which includes the in-cylinder process and the gas exchange process model that
is able to simulate the interaction between the in-cylinder process and the turbocharger system. The
Seiliger results can then be used to simulate the engine based on the mean value first principle (MVFP)
methodology. This design principle is favored for its simplicity, accuracy and real-time capability and
enables the in-cylinder engine to be integrated to larger systems. In this respect, the ammonia fueled
SOFC-ICE combination (mentioned in Chapter 1) could be dynamically modeled. However, this part of
the engine modeling is outside the scope of the thesis, due to the short amount of time.

When Tyax, Pmax and total heat release are known, the V3-1 model developed by Ding et al [91] is
able to fit the data in order to determine the three most significant Seiliger parameters a, b and ¢, which
can be determined by solving the Equations B.22-B.24. Knowing these parameters, the heat quantities,
work, temperature and pressures during each Seiliger stage can be determined from the formulas in
Figure B.4.

Pmax,Seiliger =P;- rcnc -a (B.22)
Tmax,Seiliger =Ti- rcnc—l -a-b (B.23)
net,Seiliger = 423+ (34 + (45 (B.24)

=c, T -1’ a-D+c, Ty-y-rlta-b-D+c, - Ty-(y=1-r" ' a-b-Inc) (B.25)

Because of the high amount of variables, an exact solution for the Seiliger parameters require lots
of processing power. In addition, the step size of the model is 0.1 [CAD], which means that it needs
7200 iterations in total for one combustion cycle (when assuming a 4-stroke engine). Estimating the
three variables using the Newton Raphson method, which is based on iterations and a stop criteria could
drastically decrease the required amount of processing power. The method offers a fast response time
while keeping a decent accuracy and will therefore be implemented in the model.

According to the observations by Ding et al. [91] and Sapra et al. [32], the Seiliger parameters a,
b and c represent different physical phenomenon in the combustion process. Parameter a has a great
effect on Ty,4x and Py, 45 and can be directly related to the increase in combustion rate when increasing
the hydrogen ratio. Seiliger parameter b mainly influences the maximum temperature and signifies a
measure of combustion stability. Both parameters can be accurately determined from the available HCCI
data (-30 to 30 [CAD]). Parameter c has a major impact on the pressure and temperature at EO of the
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Figure B.4: Basic Seiliger process Equations [33]

Seiliger process and can be physically related to the late combustion. However, the pressure distribution
from 30 [CAD] to EO is not known and has been manually extended as described in Section B.2.2. This
results in an inaccurate c¢ value estimation and therefore also a weird shaped Seiliger diagram.
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Figure B.5: (a) Gas exchange process (labelled a-e) to the cylinder [34] and (b) Seiliger in-cylinder process
(labelled 1-6) in P-V diagram [34].

The polytropic exponent of compression parameter (n.) can be represented as the heat loss during
the compression process. 7 is required in the Gy seiriger formula (equation B.24) and can be deter-
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Figure B.6: (a) P-V diagram ammonia hydrogen (55%H) HCCI engine in which the available data is shown
in red and the extrapolated data in blue and (b) P-V diagram hydrogen NG Harsh data [32]. As can be
seen, the shape of the HCCI P-V diagram is much smaller than the one for SI.

mined as follows:

PV
=Iln(—/=). B.26
ne n(P2 V1) (B.26)

The same way goes for the parameter representing the heat loss during the expansion process, which is
known as the polytropic exponent of expansion parameter (7,):
Ps Vg

=In(=/=2). B.2
Ne ln(P6/V5) (B.27)

B.4.1 Seiliger results

The Seiliger parameters a, b and c are the results from the first iteration and are therefore lacking in
accuracy. The Newton Raphson method for solving the Equations B.22-B.24 in order to obtain more ac-
curate results has not been performed due to the short amount of time. As can be seen in the Figures B.7a
and B.7b, the results from the first iteration are decent, however, the Seiliger shapes are not completely
aligning with the pressure distributions from the experiments.

The main reason for the development of the Seiliger model is to obtain insight in the distribution
of the heat release. As can be seen in Figure B.8a the heat release at 47H is dominated by the Seiliger
stage of iso-volumetric combustion (g23). However, the latter slowly swifts to the isobaric combustion
and expansion stage (q34), when decreasing the hydrogen content. At 31H, stage 3-4 (g34) of the Seiliger
cycle almost makes up 99% of the total heat release. These results may differ slightly, since the Seiliger
parameters have not been fully optimised.
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Figure B.7: (a) Pressure volume diagram for 31 volumetric percent hydrogen and (b) pressure volume
diagram for 47 volumetric percent hydrogen. The Seiliger shapes in green are also included in both
figures. Note: these results are not completely accurate.
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Figure B.8: (a) a schematic overview of the heat release distribution at the Seiliger stages 2-3 (iso-

volumetric combustion), 3-4 (isobaric combustion and expansion) and 4-5 (isothermal combustion and
expansion) for a range of hydrogen fractions. Note: these results are not completely accurate.
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Appendix C

MKIM and Wiebe model supplementation

This appendix includes additional figures and tables from the results in Chapter 7.

C.1 MKIM and Wiebe function results for 31H

C.1.1 Wiebe function results for 31H

Table C.1: Comparison in combustion characteristics between the in-cylinder model (heat loss cali-
brated S Law engine) and the Wiebe function for 31 vol. % hydrogen (31H).

Unit In-cylinder model Wiebe function Error [%]

IMEP [bar] 2.532 2.581 -1.94
p; [kW] 11.40 11.61 -1.94
LHYV fuel (M]/kg] 22.738 22.738 0
Mmpg [mg] 99.178 103.044 -3.90
Mf injected (mg] 139.471 144.909 -3.90
Fuel MEP [bar] 8.810 8.848 -3.90
RCO (-] 0.711 0.711 0
Heat loss [kJlcycle] 0.914 0.907 0.77
Ncomb (-] 0.706 0.706 0
Mg -] 0.592 0.610 -3.04
Ntd (-] 0.673 0.655 2.57
ni [-] 0.2810 0.2819 -0.32
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C.1.2 MKIM function results for 31H
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Figure C.1: The knock integral function for a range of initial inlet temperatures (a) and pressures (b) at
inlet valve closing. The baseline temperature and pressure values that have been used in the in-cylinder
model are 478 [K] and 1.6 [bar] (for 31H), respectively.
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Figure C.2: The knock integral function for a range of initial engine speeds (a) and equivalence ratios
(b) at inlet valve closing. The baseline engine speed and equivalence ratio that have been used in the
in-cylinder model are 1500 [r pm] and 0.26 [—] (for 31H), respectively.
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C.2 Parametric study 31H

C.2.1 Change in initial pressure
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Figure C.3: (a) Temperature and (b) pressure distribution for a range of initial inlet pressure conditions.
The initial pressure of 1.6 [bar] (coloured in red) is the baseline condition that has been used in Chapter
6 (Engine scaling).
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Figure C.4: (a) RCO and (b) fuel burnt curve for a range of initial inlet pressure conditions. The initial
pressure of 1.6 [bar] (coloured in red) is the baseline condition.
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C.2.2 Change in engine speed
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Figure C.5: (a) Temperature and (b) pressure distribution for a range of engine speed (N) conditions. The
engine speed of 1500 [r pm] (coloured in yellow) is the baseline condition that has been used in Chapter

6 (Engine scaling).
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Figure C.6: (a) RCO and (b) fuel burnt curve for a range of engine speed (N) conditions. The engine
speed of 1500 [r pm] (coloured in yellow) is the baseline condition.
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C.2.3 Change in equivalence ratio

Temperature 31H 100 Pressure
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Figure C.7: (a) Temperature and (b) pressure distribution for a range of equivalence ratio conditions. The
initial equivalence ratio of 0.26 [—] (coloured in yellow) is the baseline condition that has been used in
Chapter 6 (Engine scaling).
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Figure C.8: (a) RCO and (b) fuel burnt curve for a range of equivalence ratio conditions. The initial

equivalence ratio of 0.28 [—] (coloured in green) is the baseline condition.
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C.2.4 Change in inlet temperature
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Figure C.9: (a) Temperature and (b) pressure distribution for a range of initial temperature conditions.
The initial temperature of 474 [K] (coloured in blue) is the baseline condition.
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Figure C.10: (a) RCO and (b) fuel burnt curve for a range of initial temperature conditions. The initial
temperature of 474 [K] (coloured in blue) is the baseline condition.
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C.3 Parametric study 47H

C.3.1 Change in initial pressure
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Figure C.11: (a) Temperature and (b) pressure distribution for a range of initial inlet pressure conditions.
The initial pressure of 1.6 [bar] (coloured in red) is the baseline condition that has been used in Chapter
6 (Engine scaling).
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Figure C.12: (a) RCO and (b) fuel burnt curve for a range of initial inlet pressure conditions. The initial
pressure of 1.6 [bar] (coloured in red) is the baseline condition.
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C.3.2 Change in engine speed
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Figure C.13: (a) Temperature and (b) pressure distribution for a range of engine speed (N) conditions.
The engine speed of 1500 [rpm] (coloured in yellow) is the baseline condition that has been used in
Chapter 6 (Engine scaling).

Fuel burnt m;
08 T T 0.2 T T T T T
N=500 [rpm]
o7k er 1 018} T T i M= 1000 [rpm] | ]
N= 1500 [rpm]
£ o6t 06 1 016 T T T N= 2000 [rpm] | 7
< 0s N= 2500 [rpm)
h=] - - T .
'g‘ 0.5 4 0.14
04
S ol | 04z k | | | | i
= B
8 03 =
T ~ o01f 1
& 03 o2 T £
§ ool o ] 0.08 1 1
Té! o4 0 0.06 [ |
£ 041 N T T N=500 [rpm] | 7]
[=]
S 180 200 N= 1000 [rpm] 0.04 1
or N= 1500 [rpm] |
N=2000 [rpm] 0.02[ 1
01F I I N= 2500 [rpm] | 4
A . . . . ; ; 0
o 50 100 150 200 250 300 0 60 120 180 240 300
Crank angle [deg] Crank angle [deg]
(a) (b)

Figure C.14: (a) RCO and (b) fuel burnt curve for a range of engine speed (V) conditions. The engine
speed of 1500 [r pm] (coloured in yellow) is the baseline condition.
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C.3.3 Change in equivalence ratio
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Figure C.15: (a) Temperature and (b) pressure distribution for a range of equivalence ratio conditions.
The initial equivalence ratio of 0.26 [—] (coloured in yellow) is the baseline condition that has been used
in Chapter 6 (Engine scaling).
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Figure C.16: (a) RCO and (b) fuel burnt curve for a range of equivalence ratio conditions. The initial
equivalence ratio of 0.26 [—] (coloured in yellow) is the baseline condition.




C.3.

PARAMETRIC STUDY 47H

C.3.4 Change in inlet temperature

Figure C.17: (a) Temperature and (b) pressure distribution for a range of initial temperature conditions.

The initial temperature of 474 [K] (coloured in blue) is the baseline condition.
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Figure C.18: (a) RCO and (b) fuel burnt curve for a range of initial temperature conditions. The initial
temperature of 474 [K] (coloured in blue) is the baseline condition.
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C.3.5 Overview results parametric study 31H

Table C.2: Overview of the engine modeling results for a range of initial conditions. The values in green

represent the baseline results from Chapter 6 (Engine scaling).

Inlet pressure Unit‘ P;,,=1.6 [bar] P;,=2.6 [bar] P;, =3.6[bar] P;,=4.6 [bar] P;, =5.6 [bar]
SOC [CAD] 185.09 179.23 176.49 174.67 173.33
Burn duration [CAD] 12.31 12.31 12.31 12.31 12.31
IMEP [bar] 2.581 4.343 6.101 7.803 9.624
P; (kW] 11.61 19.54 27.45 35.11 43.31
ni -] 0.2819 0.2968 0.3015 0.3037 0.3057
Prax [bar] 60.45 117.00 173.40 230.40 288.40
Tmax [K] 1437 1519 1553 1575 1580
My injected [mg] 144.99 233.58 323.02 410.21 502.60
Engine speed Unit‘ N=500[rpm] N=1000[rpm] N=1500[rpm] N=2000[rpm] N =2500rpm]
SOC [CAD] 172.03 178.83 185.09 194.81 Misfire
Burn duration [CAD] 12.31 12.31 12.31 12.31 -
IMEP [bar] 2.001 2.466 2.581 2.448 -
p; (kW] 3.00 7.398 11.61 14.69 -
ni (-] 0.2204 0.2716 0.2819 0.2692 -
Prax [bar] 80.75 72.06 60.45 58.06 -
Tmax [K] 1530 1495 1437 1334 -
Mf injected [mg] 144.99 144.85 144.99 144.99 -
Equivalence ratio Unit‘ eq=0.20 [-] eq=0.23 [-] eq=0.26 [-] eq=0.28 [-] eq=0.32 [-]
SOC [CAD] 181.00 182.52 184.05 185.09 187.29
Burn duration [CAD] 14.80 13.71 12.82 12.31 11.44
IMEP [bar] 1.675 2.020 2.356 2.581 2.973
p; (kW] 7.54 9.088 10.60 11.61 13.38
ni (-] 0.2518 0.2672 0.2784 0.2819 0.2911
Priax [bar] 62.93 62.18 61.25 60.45 58.08
Tax [K] 1332 1373 1413 1437 1479
My injected [mg] 106.10 120.57 135.03 144.99 162.99
Inlet temperature Unit‘ Tin =465 [K] Tin =474 [K] Tin =493 [K] T;, =508 [K] T;, =538 [K]
SOC [CAD] 196.29 185.09 179.88 176.16 170.66
Burn duration [CAD] 12.31 12.31 12.31 12.31 12.31
IMEP [bar] 2.410 2.581 2.434 2.285 1.956
p; (kW] 10.85 11.61 10.95 10.28 8.800
ni -] 0.2603 0.2819 0.2790 0.2699 0.2448
Prax [bar] 57.99 60.45 69.42 74.64 79.60
Tmax [K] 1309 1437 1526 1590 1688
My injected [mg] 147.66 144.99 139.26 135.18 127.63

MKIM AND WIEBE MODEL SUPPLEMENTATION



C.4. ISO-OCTANE VS N-HEPTANE ON THE MKIM AND WIEBE FUNCTION 47H

C.4 Iso-octane vs n-heptane on the MKIM and Wiebe function 47H

C.4.1 Excluding temperature calibration
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Figure C.19: (a) Temperature and (b) pressure distribution for the designs 1 and 2. The input parameters
can be found in Table 7.4.
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Figure C.20: (a) RCO and (b) fuel burnt curve for the designs 1 and 2. The input parameters can be found
in Table 7.4.
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Figure C.21: (a) The heat release rate curve.

C.4.2 Including temperature calibration
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Figure C.22: (a) Temperature and (b) pressure distribution for the designs 1 and 2. The input parameters
can be found in Table 7.4.
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Figure C.23: (a) RCO and (b) fuel burnt curve for the designs 1 and 2. The input parameters can be found
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Figure C.24: (a) The heat release rate curve.
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C.4.3 Influences temperature calibration 31H

Table C.3: Overview results in which design 1 + T, includes an inlet temperature calibration to shift the
SOC to TDC, while design 1 (without Ty ) uses the same inlet temperature for 47H.

Unit| Design1+ Tpp, Designl  Design2 + Ty,  Design 2

SOC [CAD] 180.01 178.89 180.03 177.00
Burn duration [CAD] 11.44 11.44 14.80 14.80
IMEP [bar] 11.55 11.42 5.76 5.54
P; (kW] 86.61 85.64 34.54 33.21
ni (-] 0.3291 0.3281 0.2940 0.2892
Priax [bar] 262.1 268.1 190.0 201.6
Tmax K] 1608 1629 1356 1410
Mg injected [mg] 560.40 555.90 312.33 305.16
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