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STELLINGEN

One of the basic problems a model-maker ought to think about is how to avoid his(her)
model having an excellent agreement only with the "reality” to which the validation is
subjected.

If computer programmes form part of a promotion work, then writing a thesis is not
enough to imply a finish of the work; the "promovendus" (the person to be promoted)
should also clearly document his programmes, so that his successors will not get too
many troubles in using the programmes.

Two-zone modelling of dry expansion evaporators is consistent with the Lagrangian
approach in fluid mechanics (the boundary between the two-phase and single-phase flow
regions is traced in order to derive the governing equations), while distributed
modelling complies with the Eulerian approach (the coordinate for deriving the governing
equations is fixed on the evaporator pipe). The successful application of the Eulerian
approach in fluid mechanics justifies the choice of a distributed model of evaporator in
chapter 2.

PHOENICS is a globally recognised software that almost everybody is able to operate with
beautiful pictures as output. However, to obtain a practically reliable result, much
more efforts are needed than just to tick the keyboards of computers. Therefore, as a
third party to evaluate the PHOENICS output, people should be very careful and
independent.

In recent years, people are desperately searching for new CFC substitute refrigerants
because of the ecological concerns. However, if attention is paid only to the ozone-
layer depletion with forgetting the greenhouse effect, the results may be diverse from
the purpose.

In nowadays scientific papers, statements, such as "a lot of investigations [1], [2],
[3] ... have been done in this field", are frequently encountered. In most of the cases,
they can be explained as: the author didn't have enough patience or time to read those
articles, but he had a lack of references.

A.LO. at Delft University of Technology should be more and more interprated as
"geAvanceerd Internationale Onderwijs (advanced international education)” instead of
"Assistent In Opleiding (assitant in training)".



8. Peace and war are "twins", as long as nations are existing.
9. The inability of referees to absolutely fairly judge is a big pity of today's football.
10. Today, many people claim to be environmentalists, but few know how to be a real one.

11. A good film is like a beautiful painting one can just look at; a good novel however is
like a sketch one can still paint.

Hongwei Wang, April 9, 1991
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SUMMARY

A refrigeration process is an energy transport process through which heat is removed from
spaces or substances which are expected to be colder than their surroundings. Since the first
compression refrigerating machine was invented 1834, it has been becoming a ultimate goal of
refrigeration engineering to use as less energy as possible to produce as much refrigeration
as possible; people have been searching various methods for the enhancement of refrigeration
cfficiency. In recent years, the environmental concems of human being (i.e., ozone depletion
and greenhouse effect) are announcing the importance of energy saving more loudly than ever.
Today, mathematical modelling as one of the advanced methods is being extensively applied to
design, analyze, economize and optimize refrigerating systems.

The investigation described in this thesis is aimed to develop a set of comprehensive
computer models to simulate and analyze both steady-state and non-steady-state behaviour of a
refrigerating system coupled with a refrigerated room. The refrigerating system is a single-
stage vapour compression system consisting of four basic elements: a reciprocating piston
compressor, a dry expansion evaporator (air cooler), a shell and tube water cooled condenser
and a thermostatic expansion valve.

The research work is divided into three stages: theoretical modelling, experimental
validation, and application. The theoretical part of the investigation includes the
literature review, the determination of modelling strategies, the derivation of basic
equations, the computer implementation of the mathematical models. The modelling procedure
consists of the steady-state and dynamic modelling of the evaporator and condenscr, the
coupling of the component models with a simple description of the connection pipe lines and
auxiliary devices. The steady-state evaporator model is a lumped model with dividing the

Vi



evaporator pipes into three zones. This model is mainly used as a start program for non-
steady-state simulations. The dynamic evaporator model takes the form of a distributed model
with slicing the evaporator pipes into small elements which are described by a set of
matrices. The steady-state and dynamic condenser models are all lumped and involve a new
concept of film condensation boundary layer. The compressor model was deduced from the
experimental fitting and the model of the thermostatic expansion valve was established and
validated by a precedent investigator. The model of the refrigerated room is added in order
to have a more or less realistic dynamic "load" for the refrigerating machine when the model
is used to simulate dynamic behaviour, e.g. to simulate control strategies.

To validate the computer models, a test plant was set up, on which steady-state and dynamic
measurements were carried out. Experiments were firstly done to determine several empirical
constants encountered in the models. Then the simulation results were compared with a series
of measurements within a wide range of operation conditions. Good agreement was achieved from
the comparison.

The validated models were applied for two practical purposes: 1. the prediction of the air
distributions in a cold store;: PHOENICS was applied to simulate the 3-D air flow pattern.
Based on the predicted velocity and pressure distributions, our own model was employed to
simulate the temperature and humidity distributions. The predicted temperature fields were
also compared to the measurement results; 2. the study of system C.O.P with different
capacity control systems: four types of capacity control systems were compared, which were
on-off system, multi-stage system, proportional system and proportional plus integral system.
The capability and reliability of the models have been proved by the results from the two
application examples. Moreover, a number of technical findings have been obtained which could
be useful in practice.
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SAMENVATTING

Het koelmachineproces leidt tot een energietransport waardoor warmte wordt onttrokken aan
ruimten of voorwerpen die kouder zijn dan hun omgeving. Sinds de eerste
compressiekoelmachine werd uitgevonden (1834), heeft men ernaar gestreefd ommeteen zo laag
mogelijk energieverbruik een zo hoog mogelijke koelcapaciteit te verkrijgen. Er is gezocht
naar verschillende methoden om het nuttig effect te vergroten. In de afgelopen jaren
benadrukt de zorg voor het milieu nog eens extra de belangrijkheid van de energiebesparing in
verband met de ozon-reductie en het broeikas effect. Tegenwoordig worden geavanccerde
methoden, meestal met behulp van wiskundige modellen, intensief toegepast bij ontwerp,
analyse, economische aspecten en optimalisatie van koelsystemen.

Het in dit proefschrift beschreven onderzoek is bedoeld om een aantal uitgebreide
computermodellen van koelmachine-componenten te ontwikkelen voor het simuleren en
analyseren van een koelsysteem, gekoppeld aan een gekoelde ruimte. Het koelsysteem is een
ééntraps dampcompressiesysteem, bestaande uit 4 componenten: een zuigercompressor, een
luchtkoeler met "droge" verdamping, een watergekoelde bundel-pijpcondensor, en een
thermostatisch expansieventiel.

Het onderzoek is gesplitst in 3 delen: theoretische modellering, experimentele toetsing en de
toepassing. Het theoretisch deel van het onderzoek betreft het literatuuroverzicht, de
bepaling van de modelleringsstrategie, het afleiden van de basisformules, en het maken van
computerprogramma’s voor de rekenmodellen. De modelleringsprocedure bestaat uit de
stationaire en dynamische modellering van verdamper cn condensor, en van de gekoelde ruimte,
het koppelen van componentmodellen met een eenvoudige beschrijving van de
verbindingsleidingen en verdere appendages. Het stationaire verdampermodel is een zone-model
dat de verdamperpijpen in drie zones verdeeld. Dit model wordt hoofdzakelijk gebruikt als
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startprogramma voor simulaties van het niet-stationaire gedrag. Het dynamisch verdampermodel
is opgezet als een gedistribueerd model dat de verdamperpijpen in korte elementen verdeelt
die wiskundig door een aantal matrices wordt beschreven. De stationaire en de dynamische
condensermodellen zijn beiden zone-modellen. Daarbij werd een nieuw concept voor film-
condensatie toegepast. Het compressormodel is een stationair model afgeleid uit experimentele
resultaten, en het model van het thermostatisch expansieventiel is opgezet en geevalueerd
door een vorige onderzoeker. Het model van de gekoelde ruimte is in principe opgezet als
gedistribueerd model waarin een macro-klimaat en een micro-klimaat wordt onderscheiden.
Het model van de gekoelde ruimte is toegevoegd om, bij simulatie van het dynamisch gedrag van
de koelmachine, over een enigszins realistische, dynamische "belasting" van de machine te
kunnen beschikken.

Ten behoeve van de validatie van de computermodellen is een proefopstelling gebouwd waaraan
metingen in stationaire en niet-stationaire toestand werden uitgevoerd. Eerst zijn er
experimenten verricht om de verschillende empirische constanten vast te stellen, die in de
modellen toegepast zijn. Daarna zijn de simulatieresultaten vergeleken met een serie metingen
met een brede variatie van de bedrijfscondities. Er is een goede overeenkomst verkregen uit
deze vergelijking.

De gevalideerde modellen werden voor twee practische doeleinden toegepast:

1. Het voorspellen van de luchtstroming in een koelhuis: Hierbij werd een bestaand
pakket, PHOENICS, toegepast om de 3-dimensionale luchtstroming te simuleren.
Gebaseerd op de voorspelde snelheids- en drukverdelingen, werd dit model gebruikt om
de temperatuur en vochtigheidsverdeling te simuleren.

2. De studie van de C.O.P. van het systeem met verschillende regelsystemen voor de
koelcapaciteit: vier typen regelsystemen zijn vergeleken, te weten: aan-uit
regeling, meertrapsregeling, proportionele regeling en proportionele regeling met
integrerende werking.

De geschiktheid en de betrouwbaarheid van de modellen is beproefd aan de hand van de
resultaten van deze twee toepassingsvoorbeelden. Een aantal uitkomsten zijn verkregen, die
van praktisch nut kunnen zijn.
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Chapter
ONE

Introduction

1.1 General

In the early years of refrigeration, people could only carry out rescarch by doing
experiments or very simple calculations. The primitiveness and laboriousness of the methods
seriously retarded the progress of refrigeration technology. By the early 60's of this
century, a new technique entered the field of refrigeration, that is mathematical modelling.
After nearly three decades of development, this technique has been becoming an indispensable
tool for both scientific research and industrial practice in today's refrigeration. The
impact of computer models in research, design, manufacturing, operation, and control of
refrigerating components and systems is enormous. Optimization, intelligent control, dynamic
simulation, CAD and so on are increasingly applied, as the consequence of using computer
models. All these advanced methods are helping people to continuously improve the performance
and reliability of refrigerating machines, the quality and profitability of refrigeration
applications.

In the past years, a lot of computer models have been developed in the field of
refrigeration, which varied from steady-state to dynamic, from lumped to distributed, from
"black" to "white". The history of the progress was excellently recorded in [1.1]. However,
with the rapid development of computer technology, the need for more accurate, more
sophisticated and more realistic mathematical models is increasing. In this aspect,
refrigeration is still behind the other technological areas, such as applied mechanics,
hydrodynamics, control engineering. On the other hand, the modelled objects are being
required to extend from components of refrigerating machines to those using refrigeration,
such as refrigerated warehouses, freezing tunnels, refrigerated transport equipment, etc. One



of the reasons for this is that it is found that the dynamic behaviour of refrigerating
machines is strongly influenced by their application partners. For these purposes, the
involvement of other technologies in refrigeration is inevitable. For example, the
application of standard computer software developed in the fields of fluid mechanics, heat
transfer, numerical mathematics is gradually becoming popular in refrigeration and air
conditioning. With such disciplinary interference, many unsolved problems encountered in the
early years are being tackled and the modelling technique is beginning a new era in
refrigeration.

As a contribution to this field, the investigation described in this dissertation is intended
to make use of the new modelling methodology and strategies to model a vapour compression
refrigerating machine coupled with a refrigerated room as a whole (see Fig. 1-1).

Compressor
Refrigerated room
l;HEEvaporator
Condenser o) Expansion
Valve Product
Fig. I-1 Schematic diagram of the system consisting of a refrigerating machine and

a refrigerated room.

1.2  Why a vapour compression refrigerating machine ?

In nowadays refrigeration, there are a variety of types of refrigerating machines working
with different principles. Generally, they can be classified into five categories : 1.
evaporative system, 2. expansion system, 3. compression system, 4. absorption system, 5.
thermo-electric system. Among them compression system is the most commonly used, owing toits
higher efficiency. Although the recent concern of human being about their environment (ozone
depletion and global warming) is encouraging people to employ the other types of
refrigerating systems, specially absorption systems, it seems that vapour compression systems
will still be the main refrigerating systems in the foreseen future, but working with non-
ozone depleting refrigerants.




A vapour compression refrigerating machine normally consists of four components: compressor,
evaporator, condenser and expansion device (see Fig. 1-1).

1.3 Why a refrigerated room ?

Modern refrigeration has many applications in industries and human daily lives, which are
normally classified into 5 categories: domestic refrigeration, industrial refrigeration,
refrigerated transport, air conditioning, food preservation. As a matter of life or death of
human being, refrigerated food preservation has occupied about 80% of the application area of
refrigeration.

As a result of industrialization and urbanisation, today, foods are usually produced in
places far from where most of them are consumed. Therefore, transportation and storage of
foods over long distances and periods have become necessary. However, during transport and
storage, foods are subjected to changes in quality, such as taste, shape, nutritional value
and so on. Such changes are caused by biological, chemical and physical reactions. All the
reactions are dependent on the temperature of foods: the lower the temperature is, the slower
the reactions are. Thus, Lowering of the storage temperature has always been the most
important method of diminishing detrimental changes in fresh foods. According to [1.2], in
retail food distribution systems in developed countries today, about half of the product
value is distributed at temperatures below ambient.

Refrigeration, as a method of producing cold, is playing a very important role in preserving
food. In recent years, cold chains have been widely used to store, transport and distribute
agricultural products in many countries. A cold chain consists of all stages from harvesting
to retailing of food products. These stages include harvesting, processing (packing and
sorting), storing, transporting, distributing, retailing and consuming of foods. In cold
chains, a refrigerated room is a typical object which can be a cold store, a container, or a
train wagon, etc.

In a refrigerated room, air circulation (or distribution) is one of the basic requirements of
thermal protection of perishable food products. As mentioned above, in order to prevent food
products from deteriorating during transportation and storage, people have to keep them under
certain required conditions which are usually related to temperature, humidity, and
concentrations of carbon-dioxide and oxygen. These conditions are realised normally in
refrigerated rooms. To be convenient to transport, load and unload, products are stacked by
using boxes or pallets in the rooms. Consequently, the conditions in the rooms are often far
from uniform so that part of the products seem to be in good quality, while part of them
might be already perishing. Therefore, it is very important to study the influencing factors
to the distribution of the conditions in the rooms.



1.4  Coupling between a refrigerating machine and
arefrigerated room

In principle, the efficiency of refrigerating systems can be increased by either designing
them properly or operating them economically. The first is usually called optimal design and
the second optimal operation. Optimal design actually results in an optimal choice of steady-
state conditions for maximum economy. It needs steady-state models to provide the
possibilities for optimization, Usually, for steady-state modelling for the purpose of
optimal design, a refrigerating machine exclusive its application partner is considered,
because the connections between these two parts can be easily separated.

In contrast, optimal operation results in a series of optimal adaptations of the system to
time dependent working conditions. A typical example of optimal operation in refrigeration is
capacity control which is realised by using the feed-back control strategy. A sensor is
located on the application side and the signal obtained by the sensor is used to adjust the
refrigerating capacity of the system. The adjustment could be on-off or stepwise or
continuous depending on the required accuracy. The variation of the capacity can keep the
refrigerated conditions within a certain required range. Such a number of actions take place
under non-steady-state conditions. Thus, dynamic models are necessary to reveal the dynamic
behaviour of the system. In this case, the system to be modelled should not be only the
refrigerating machine itself but also its application partner, because the interactions
between these two parts to a large extent influence the dynamic behaviour of the whole
system.

In principle, a refrigerating machine may have more than one application partners. For
example, in the case of storage warehouse, several storage rooms are usually cooled by one
refrigerating unit. However, as the first attempt to model a complete system, only one
application component, a refrigerated room, is assumed herein.

The coupling between a refrigerating machine and a refrigerated room can be analogued by a
mechanical problem as shown in Fig. 1-2. The machine part can be represented by a small mass,
because its thermal mass, defined as the product of density and specific heat, is smaller, as
compared to the room which is replaced by a big mass. If the mass difference between these
two objects is considerable, there will be two completely different combinations:

Short-term coupling

If the transient behaviour of the refrigerating machine with small mass is considered, its
influence on the behaviour of the refrigerated room is negligible. Thus, during a short
period such as several minutes or one hour, the behaviour of the room could be considered as
constant (see the left side of Fig. 1-2). Based on this assumption, we may simplify the




modelling for a short-term coupling: the products and walls of the refrigerated room could be
treated as time-independent elements.

Long-term coupling

If the refrigerated room is emphasized, the refrigerating machine will receive almost 100 %
of influence from the room side. The machine seems to be following the room in view of a
long-term observation (see the right side of Fig. 1-2). In this case, the modelling strategy
could be totally different from that for a short-term coupling. A good combination of a
steady-state machine model with a non-steady-state room model is then suitable. With this
combination, a lot of computation times can be saved during simulations, because large time
steps can be adopted for integration.
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Fig. 1-2 Coupling between a refrigerating machine and a refrigerated room.



1.5  OQutline of the thesis

This thesis consists of nine chapters and three appendices. The functions of each chapter are
briefly described below.

Chapter 1 is the introduction part in which the motive and objective of the investigation are
described. Moreover, attention is paid to the coupling between the refrigerating machine and
refrigerated room, in order to distinguish two completely different simulations: short-term
and long-term. Finally the organization of the text is introduced.

Chapter 2 describes the dynamic modelling of the evaporator. Following a general description
of the evaporator and literature review, the basic equations are derived and modified on the
basis of a series of modelling strategies. Then the solution methodology and computer
implementation are reported.

Chapter 3 deals with the dynamic modelling of the condenser, which follows the same
procedures as chapter 2.

Chapter 4 is about the steady-state modelling of the refrigerating machine. As the strategies
of steady-state modelling are different from those of dynamic modelling, a separate chapter
is specially written, in which the steady-state models of the evaporator and condenser are
set up. Besides, part of the text is used to describe the coupling of the models.

Chapter 5 describes the modelling of the refrigerated room. Because the modelling method and
basic equations are more or less the same in both steady-state and dynamic situations, no
special treatment is made just for a steady-state model, as in chapter 4. All the equations
in this chapter are, therefore, in the form of non-steady-state equations. However,
simplification to be a steady-state model is just a matter of scratching those derivatives
with respect to time.

Chapter 6 is a collection of all the correlations for the heat, mass and momentum transfer
coefficients encountered in the previous chapters where, to be clear, only the governing
equations are focused, while those auxiliary correlations are left for this chapter.

Chapter 7 describes the experimental validation of the mathematical models. Three groups of
conventional experiments were carried out for three purposes: determination of several
empirical constants; validation of the steady-state models; and validation of the dynamic
models. Moreover, a special experiment was done to measure the air velocity distribution in
the test room, in order to check the simulation results by PHOENICS.




Chapter 8 gives two examples of applying the models to solve practical problems. One is to
predict the air distributions in a cold store and another is to study different capacity
control systems. Some interesting conclusions obtained from the simulations are reported in
this chapter.

Chapter 9 concludes the whole thesis and gives several recommendations for further
investigations.

Appendices 1 and 2 describe the models of the compressor and thermostatic expansion valve
respectively. Appendix 3 is about how to calculate the heat transfer areas in the condenser
according to the amount of liquid refrigerant.
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Chapter
TWO
Dynamic Modelling of the Evaporator

2.1 General

An evaporator is a heat exchanger which realises the purpose of a refrigerating system. By
evaporating refrigerants, heat can be removed from the space where lower temperature is
needed. In practice there are a lot of types of evaporators which are classified in Fig. 2-1.
Among them, air coolers are the most commonly used in refrigerated storage and
transportation. This type of evaporators can be directly installed in places where products
are stored. The fans on an air cooler act as ventilators to distribute cold air so that no
extra re-circulation systems are needed in a cold store. Fig. 2-2 shows a typical air cooler
which will be the object to be modelled in this chapter.

according to .

coolant circulation | Air Cooler
Water Chiller
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Evaporator liquid feeding [ Dry Expansion

Liquid Overflood
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Finned-Coil
Fig. 2-1 Classification of refrigeration evaporators.



Fig.2-2 Photograph of an air cooler which is the object to be modelled.

Usually, air coolers are also called dry expansion evaporators, because they are often
accompanied by thermostatic expansion valves; the refrigerants needs to be totally evaporated
and superheated so that two completely different regions appear in the evaporator coils: a
two-phase flow (or evaporation) region and a single-phase flow (or superheat) region. The
superheat temperature is in turn used as a feedback signal of the expansion valves. In most
cases, a dry expansion evaporator may have several parallel refrigerant circuits. The
refrigerant coming from the expansion valve is split into parallel streams each of which
undergoes the same processes in the evaporator. At the end of the evaporator, there is a
header to collect all the superheated refrigerant from every circuit. On the air side, the
fans supply a forced air flow across the tube bank. Even with such a forced air flow, the
heat transfer coefficient on the air side is still much lower than that on the refrigerant
side. Thus extended surface is necessary to intensify the outside heat transfer. Normally
plate fins are equipped on the tube bank.

Compared to the other components of refrigerating systems or other types of evaporators, dry
expansion evaporators are relatively more complicated to model, due to the complexity of the
two-phase flows involved. For example, in the case of a shell and tube evaporator, lumped
models are fully successful in describing the mechanism. However, lumped models are
inadequate for dry expansion evaporators, at least in dynamic cases. In the past, many models
have been developed for compressors, expansion devices, condensers and evaporators, but air
coolers are still an obstacle for model makers. Therefore, it is still necessary to
investigate this problem.

On the other hand, as almost every refrigerating system operates under variable conditions, a
pure steady-state does not exist. Specially if capacity controllers are fitted to the system,
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investigations should not be limited only to steady-state analysis, but also to non-steady
state or dynamic analysis. Dynamic modelling is a mathematical description of the system in
the time domain. Mass and energy accumulate or dissipate in the system due to differences
between the input and output of mass and energy to the system.

A complete dynamic model of dry expansion evaporators, such as air coolers, should include
two parts: an on-period model and an off-period model. The first describes the dynamic
behaviour of evaporators during on-periods and the second depicts what occurs when the
refrigeration system is switched off. The reason for considering these two aspects is that
most of the refrigeration systems used today are still equipped with on-off control elements.
In fact, the dynamics of an evaporator are strongly influenced by the turn-on and turn-off
procedures of the compressor. Therefore, ignoring of the off-period modelling is irrational.

The dynamic behaviour of an evaporator results from both energy and mass accumulations. The
heat capacity of the pipes and refrigerant acts as a reservoir of heat energy. The two-phase
flow taking place inside the evaporator pipes is the reason for mass accumulation. Thus the
success of dynamic modelling for dry-expansion evaporators depends to a large extent on the
degree of understanding of the two-phase flow mechanism.

Usually, the heat exchange process between the refrigerant and coolant in a dry expansion
evaporator takes place in the form of cross-flow. However, in order to improve the heat
transfer efficiency or meet the special requirements of customers, manufacturers design air
coolers with various pipe circuiting methods. This diversity makes the modelling of air
coolers even more difficult. Accordingly distributed models are increasingly required to
maintain flexibility and applicability.

2.2 Literature

In the last few years there have been many publications related to the dynamic modelling of
dry expansion evaporators. These can be classified into four categories: black box models,
one-zone models, two-zone models and distributed models. The following section will give a
detailed review.

Black box models

Black box modelling is actually an idea from system control theory. It has the advantage of
simplicity, but does not reveal the mechanism of dynamic behaviour. With this type of
modelling, an evaporator system can be represented by a set of wansfer functions with
several constants which are determined through experiments. Black box models are commonly
used to investigate control problems in refrigeration. Several models have appeared in the

past.



As an attempt to apply system control theory to an evaporator-expansion valve control loop,
Stoecker [2.1, 2.2] made one of the pioneering black box models for a refrigerant-in-tube
evaporator. He assumed two linear elements for the evaporator: the motion of the boundary
between the evaporation and superheat regions; and the thermal capacity of the coils. One
linear element was set up for the expansion valve. With this assumption, the whole system
could be represented by one time-lag and three time constants and three zero-frequency
magnitude ratios. Then various combinations of the constants were compared subjected to the
stability of the system. It was also found that the time constant for the boundary motion was
longer for step increases in flow rate than that for step decreases.

Najork [2.3] investigated the possibilities for improvement of the stability of an evaporator
control loop. Similar to Stoecker, he also made use of a black box model to represent every
part of the evaporator and expansion valve. Through the experiments, it was found that
different pipe configurations of the evaporator could lead to different stabilities of the
control loop.

One-zone models

One-zone models are suitable for bath type or shell and tube evaporators. However, in dry
expansion evaporators, the refrigerants mostly flow through long coils and undergo two
different flow regions. Thus, one-zone models have not been widely used. Below are some
exceptions.

Chi and Didion [2.4] developed one of the first dynamic models of heat pumps. The evaporator
was modelled as lumped. All the refrigerant in the evaporator was considered as one zone with
inlet and outlet mass flows. The average density of liquid-vapour mixture was a time-
dependent variable which could describe the phase change process occurring in the evaporator.
By setting up mass, momentum and heat balances for the lumped zone, three ordinary
differential equations were derived. Apparently, this is a very simple evaporator model which
cannot completely reveal the dynamic behaviour of the evaporator.

Marshall and James [2.5] modelled a non-dry evaporator by using one-zone model. The
evaporator was followed by a liquid separator. The mixture refrigerant inside tubes was
considered as compressible medium with an assumed relationship between the inlet pressure and
quality and the average density. Moreover, constant heat transfer coefficients inside and
outside the tubes were used.

Another one-zone model for a dry expansion evaporator was made by Hargreaves and James
[2.6] when they investigated a marine chilled water plant for microprocessor control
development. The model is an overall lumped parameter type and does not distinguish between
the two-phase and single-phase regions. The overall heat transfer coefficient was assumed as
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a function of the inlet refrigerant mass flow ratc and the mass storage of the refrigerant
was neglected because the internal volume of the chiller tubes was small.

Two-zone models

Two-zone evaporator models are very popular. With the division of an evaporator into two
zones, the two-phase and single-phase flow regions are considered separately so that the mass
and energy conservations can be reasonably described. Nevertheless, a discontinuity of
variables between the two regions is inevitably rooted in this type of models. This requires
some artificial "repairs” to make the model sufficiently realistic (see [2.14]). Two-zone
models need an average heat transfer coefficient in the two-phasc flow region, and because
the correlations for the heat transfer coefficient are usually in the form of local values,
mathematical integration has to be worked out to calculate the average value. Some
assumptions are necessary for this, for instance, linear distribution of quality. Another
disadvantage of the two-zone models is that they are not flexible for different pipe
circuiting arrangements.

Wedekind and Stoecker [2.7, 2.8] firstly proposed the two-zone model consisting of a two-
phase region and a singel-phase region to predict the transient responses of the motion of
the boundary between the two regions in a horizontal evaporating flow, in which the system
mean void fraction concept was introduced. Following this research, Wedekind et al [2.9]
continued to investigate the system mean void fraction model. The assumption that the system
mean void fraction is time-invariant de-couples the problem from the transient form of the
momentum principle. That is an analytical simplification of considerable magnitude. However,
as the model is inherently a lumped parameter model, it is impossible to predict the time
delay effect caused by the propagation of the step change signal from the beginning to the
end of the evaporator pipe.

Dhar and Soedel [2.10] made a simple two-zone model to study the dynamic behaviour of a
vapour compression refrigeration system during start-up of the system. To be gencral, an
accumulator was also included in the model. However, it was not clearly shown how to identify
the two control volumes, that is, the calculation of the length of the two-phase region was
not concerned. It scems to be that the two zones have fixed volumes. Such a simplification
may make the simulation results unrealistic.

Bruijn et al |2.11] developed a two-zone model with a moving boundary. It was assumed that
the mean void fraction in the evaporator was time-independent and the axial pipe heat
conduction and refrigerant pressure drop were negligible. This model was later improved by
Yasuda et al [2.12, 2.13] with adding pressure drop and dividing the pipe metal into small
elements to take the axial heat conduction into account. It is obvious that, with this mndel,
the boundary between the two-phase and single-phase regions moves immediately when there is a
step change in flow rate at the inlet of the coil.
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Such a consequence apparently contradicts the reality. Therefore, van der Meer [2.14] in his
Ph.D. thesis spent a lot of efforts to modify this model. He used several transportation
times to delay various parameters which influence the length of the two-phase region. The
Chawla correlation for the slip effect between refrigerant liquid and vapour was used, when
these transportation times were calculated. Meanwhile, he found that the correlations for
heat transfer, pressure drop, void fraction in the two-phase flow region were strongly
dependent on the geometrical dimensions and configurations of the modelled evaporators. He
also pointed out a combination of theory and empiric were necessary for modelling of
evaporators. He mentioned in his conclusions that a distributed model of a dry expansion
evaporator could not increase the simulation accuracy, compared to a simple two-zone lumped
model, due to the complexity of the two-phase flow.

Bonte and Veldhoven [2.15] made a two-zone model with a fixed boundary between the two
regions. The energy balance equations for refrigerant and pipe were simplified into exponent
equations with time constants and gain factors. Thus the dynamic effects were largely
considered as a black box model. The block-diagram method was used to analyze the dynamic
behaviour of the evaporator coupled with a thermostatic expansion valve. Experiments were
carried out to check the model.

Broersen and van der Jagt [2.16] followed the idea introduced in [2.9] that the system mean
void fraction was time-independent and assumed the distribution of the refrigerant liquid
over the two-phase region behaved as a first-order element. They then made linearization and
Laplace transformation of the energy and mass balance equations and finally obtained a
single-input  single-output transfer function to relate the liquid flow entering the
evaporator and the opening of the expansion valve. The simple transfer function can be used
to analyze the hunting problem of evaporators controlled by thermostatic expansion valves.

Distributed models

Distributed models have gained in importance in recent years. However, one of the key
problems in these models is the description of void fraction and two-phase flow. The momentum
exchange between refrigerant liquid and vapour causes a slip-effect which influences the mass
distribution of the refrigerant. A better void fraction model could make the distributed
models more realistic.

James[2.17] employed the modelling method previously used for steam generators. He proposed
to divide the liquid chiller into small sections to represent the distributive behaviour of
the liquid surrounding the tubes, the refrigerant boiling inside the tubes and the metal
tubes themselves. Equations can be derived from energy and mass balance on each zone in turn.
He considered the refrigerant vapour-liquid mixture as a compressible medium. However, no
attention was paid to the void fraction distribution and therefore his equations in the model
were not closed. Besides, there were no simulation and experiment results presented.
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Gruhe and Isermann [2.18] developed a theoretical model for a refrigerant evaporator by using
distributed parameter process. Three partial differential equations were derived respectively
based on the balance equations for enthalpy, mass and momentum for the refrigerant.
Discretization of the partial differential equations was made by dividing the evaporator pipe
into n sections. The final unknown variables consists of vapour content, pressure and mass
flow rate. However, a mistake was made in the model: a mis-defined average refrigerant
velocity was used in the enthalpy balance equation. This mistake concealed the slip effect
occurring in the two-phase flow region. The model was not validated with experiments.

MacArthur [2.19] only used the energy and mass balance equations to describe the phenomena
taking place in the evaporator, the pipe of which was divided into small sections. The
implicit finite difference method was made use of. In order to avoid the flow field
calculation, he imposed an enthalpy constraint on the cquations: the enthalpy of vapour-
liquid mixture defined with quality is equal to that defined with void fraction, that is,
xhv+(1—x)h1 = <a>hv+(1-<a>)h1. It is obvious that such an assumption is far from the reality,

when the slip effect between vapour velocity and liquid velocity plays a role. This model was
improved by the author himself in [2.20] in which a void fraction model was introduced.
Experiments were carried out to check the modified model and good agreement between the model
and laboratory data has been obtained for the cases shown. However, he neglected a very
important fact: pressure drop.

2.3  Modelling strategies

2.3.1 Conclusions from the literature review
From the literature review in 2.2, The following conclusions can be drawn:

- Two-zone models are the most popular. This type of models can properly describe the
energy conservation mechanism in dry expansion evaporators. Because the refrigerant
temperature does not change very much in the two-phase flow region, an average temperature
can be used to represent the whole evaporation region. But a two-zone model is poor in
predicting the refrigerant mass distribution in the pipe and the behaviour of the boundary
between the two regions. This failure will lead to an incorrect prediction of the superheat
temperature. While, superheat is substantial in case of a thermostatic expansion valve.

- Two-zone models need an average heat transfer coefficient for the two-phase flow
region. Because the correlations for the heat transfer coefficient in the literature are
usually given in the form of local values, mathematical integration has 10 be worked out to
calculate the average value. To do this, some assumptions are necessary, for example, linear
distribution of quality, even distribution of mass flow rate.



- Two-zone models cannot easily tackle the heat conduction between pipes which are
connected by fins, when air coolers are concerned. The attempt to solve this problem in
[2.14] seems to be not successful, as the calculation is strongly dependent on the pipe
configurations of evaporators.

- Distributed models are gaining the field in recent years, thanks to the enhanced
computer abilities. Anyway, the weak point still exists in solution of the momentum equation
for the two-phase flow. The momentum exchange between liquid and vapour causes slip effect
which influences the mass distribution of refrigerant in the evaporator. The existing
distributed models paid to much attention to the energy equation that is actually possible to
be lumped and intended to avoid a deep analysis of void fraction behaviour, perhaps because
of the complexity of it.

2.3.2 Modelling strategies

It has been made clear that several possibilities exist for non-steady-state modelling of
dry-expansion evaporators. The choice normally depends on a compromise between the accuracy
and complexity of the model to be made. However, for a relatively flexible model of dry
expansion evaporators, a basic demand may be that the model has to be applicable to as many
types of evaporator pipe configurations as possible. This requires the model to be
distributed. Moreover, the mass transport process gradually takes place inside the evaporator
pipe. To predict a correct refrigerant mass distribution, the model should be also
distributed. Another advantage of a distributed model is that the two-phase heat transfer
coefficient can be calculated locally according to the local quality and mass flow rate.
Starting from this point of view, the following modelling strategies can be made.

Strategy 1

The model to be set up will be distributed in structure and the mass balance equation will be
solved in the form of partial differential equations. In the meantime, the heat transfer
between refrigerant and tubes, tubes and other tubes, tubes and air will be calculated
locally.

Strategy 2

Because the refrigerant temperature in the two-phase flow region is almost constant, except
for the effect of pressure drop, the energy balance equation can be easily integrated in this
region so that it will be solved by the lump method. The temperature decrease caused by the
pressure drop will be added on later. This strategy avoids the simultaneous solution of the
mass balance and energy balance equations which are otherwise all partial differential
equations. In the single-phase flow region, the refrigerant has little mass and heat content
and it is possible to consider the refrigerant temperature as a zero-order parameter (no heat
and mass accumulations in the region), while the pipe wall of this region still plays a
dynamic role.




Strategy 3

The momentum equation in the two-phase flow region is the most difficult equation to solve
compared to the other two. This equation determines the pressure drop — mass flow rate
correlation as well as the slip factor: it is the void fraction model. Owing to the quick
equilibrium of the momentum transport, the momentum equation can be assumed as time-
independent. The overall momentum equation for both liquid and vapour together will be
replaced by a pressure drop — mass flow rate correlation which is derived semi-empirically.
The separated equations for each of the two phases will be solved beforchand by using
standard computer packages, such as PHOENICS. The results will be fitted into a void fraction
— slip factor function.

2.4 Derivation of the equations

2.4.1 Basic equations

Two-phase flow region on the refrigerant side

Wavy
Annular

Bubbly
Annular
Satrified
‘Spray u,
Fig. 2-3 Two-phase flow regimes (left) and the Baker's flow regime map (righi).

If we exclude the possibility that subcooling exists in the evaporator, a dry expansion
evaporator can always be divided into two completely different regions: two-phase flow region
(evaporation region) and single-phase flow region (superheat region). Most of the length of
the evaporator tube passed by the refrigerant belongs to the two-phase flow region. The
behaviour of two-phase flows is complex but can be classified in terms of flow regimes which
are often recognised from visual or photographic observations. The most commonly encountered
flow regimes arc shown in Fig. 2-3.



In refrigeration system evaporators, the flow patterns are mostly annular flow (see [2.17)).
One-dimensional two-phase annular flows can be mathematically described with the so-called
separated flow model which takes account of the fact that the two phases can have different
properties and velocities. The separated flow model consists of 7 equations: continuity,
momentum and energy equations for both phases and an interphase transfer rate equation
describing how the phases interact with each other. However, a detailed description of the
interphase energy transfer mechanism is impossible. The energy equation is usually written
for the combined flow of the mixture.

Assumptions

D the refrigerant vapour and liquid are incompressible and in saturated thermal
equilibrium.

2) the refrigerant flow is one-dimensional, i.e. the vapour and liquid each have an

average cross-sectional velocity and the void fraction is used to describe the ratio
of cross-sectional area occupied by the vapour to the total cross-sectional area.

3) the vapour and liquid saturation physical properties are spatially and temporally
invariant.

4) the pressures of the vapour and liquid are equal in one cross-section.

5) the kinetic energy and potential energy are all neglected in the energy equation.

6) the interface between the vapour and liquid moves at the liquid velocity.

With the listed assumptions, a simplified one-dimensional two-phase flow model can be made by
considering the system shown in Fig. 2-4 (see [2.21]).

Fig.2-4 Control volume for the refrigerant inside the evaporator pipe.
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Continuity equation for the vapour phase:
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Continuity equation for the liquid phase:
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Energy equation for the mixture:
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As the equilibrium process of momentum transport is rapid, the momentum equation will be
considered as time-independent.

Momentum equation for the vapour phase:
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In case of annular flows, F  is zero since there is no contact surface between the pipe wall
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and the vapour refrigerant.
Momentum equation for the liquid phase:

d aP

_ i 1. — L N
32 [ (1 <a>)p1u1ull (1-<o>) 3z +(Fvl FW[) (2.5)

By definition
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m =<o>Ap u (2.6)
v vV Vv

{nf. (1-<o>)Ap u, Q.7

With using (2.6) and (2.7), the addition of (2.4) and (2.5) gives

10 aP

A3z @8

mu+mu)=-—-F
( v v II) dz  pwip

which is the momentum equation for the vapour-liquid mixture and will be replaced later by an
empirical correlation for calculating the pressure drop in the two-phase flow region.

Interfacial friction equation:

The interfacial friction force in (2.4) and (2.5) is calculated as follows (see [2.22],
[2.27D),

4 1
F =—["p & (u-u)]=Ff(u-u) 2.9)
vl d 2 vi v | i v I

where the interfacial momentum-transport coefficient f is dependent on the interface
i

conditions. A correlation for the case of wavy-interfaces has been given in [2.23].

Single-phase flow region on the refrigerant side

The situation in this region is relatively simple, because there is no phase change. As the

heat capacity of the superheated vapour is small, the refrigerant can be considered as a

system without mass and energy accumulations as well as incompressible.

Continuity equation:

dm
=0 (2.10)
dz

Energy equation:
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d(m h)

M _
——L—d = (nd)q (2.11)

dh  oh dT 3h dP

) \) S S

S s_s __S_s
where = 3T dz TaP dz
Ay Y

Momentum equation:

du dp

—s 2 2.
p‘\' u‘\‘ dz dz pr,s (2.12)

The pipe wall

The metal pipes of the evaporator arc the very important elements which possess considerable
mass and heat capacities. The heat transfer process in the pipes is three-dimensional.
Usually the evaporator pipes are assembled with extended fins in order to intensify the
outside heat transfer. Thus, the concept of pipe wall always involves the evaporator pipes as
well as the fins. Fig. 2-5 shows one nodal point of the plate-finned pipes of an evaporator.
The basic equations will be subjected to this point.
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Assumptions

1) the radial heat resistance of the pipe wall is neglected.

2) the fin temperature is supposed to be equal to that of the pipe wall. To compensate
for the error caused by this assumption, a fin efficiency is used in calculating the
heat transfer between the air and pipe wall.

Energy equation:

aT

c M —2.% Q+Q+Q (2.13)
ppw  pw ot i=171 r a

Because the pipes and fins normally consist of different materials, the specific heat should
be averaged according to the masses of the materials.

c . M +c 5 Mf_
D.DIpE pipe p.Jjin in (214)

C =
p.pw M
pw

The air side

The air flowing through the evaporator usually includes air and water vapour. Thus the
problem on the air side is actually a diffusion problem which comprises concentration and
energy equations. Again, because of the small heat capacity of air, this side is considered
as a system without mass and energy accumulations.

Concentration equation:

d(m w )

= (nD)m (2.15)
d Zk w

The flux m is calculated based on the outside area of bare pipes. The fin surface area is
w

taken into account in the flux term by using a fin efficiency and weighted transfer
coefficient. For (2.16), the same treatment is made.

Energy equation:
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d(rhah )
—d—zk— = (nD)qa (2.16)

By the enthalpy definition:

h=¢c 6 +¢c 0w +yw .17

a p.a a pw a a a
2.4.2 Modification of the basic equations

The above basic equations governing the dynamic processes of the evaporator have been derived
based on physical principles, such as the conservation laws. However, some of the equations
are still too implicit and complex to be used for the computer simulation. Therefore
simplification is necessary, which includes deriving a void fraction propagation equation
from (2.1), (2.2) and intcgrating (2.3).

First consider the continuity equations. Multiplying (2.1) and (2.2) by P and p
v

respectively, addition of them results in (see [2.241):

a<u> APMI
v
_ 2.1
oz pp (2.18)
v
where Ap = pl -p and
v
<u> = <e>u +(1~<(x>)ul (2.19)
\4

Integration of (2.18) gives the following expression for the average velocity distribution in
the z-direction:

‘ ApMI

<u>=<u> + Y dz (2.20)
in op p
y
Let
u
V
= 221

C > ( )



Employing (2.18) and rearranging, (2.1) may be expanded into

a<o> d<o> aC, Ap Ml
—_ ) — v
ot + C, <u> 92 + <o><u> 32 =(1-GC, <o> pl ) (2.22)
Because C, is a function of the void fraction <o>:
a<o> o<o>
o + Ua 3z =Qa (2.23a)
where
aC,
Ua= [Co + oo <> <u> (2.23b)
Ap Ml
v
Q=[1-C,<a>"1 (2.23¢c)
¢ pl b v

(2.23a) has the form of a propagation equation. U and Q correspond to the velocity of void
o o

fraction propagation and the source to the flow, respectively.

Then consider the energy equation for the mixture. As pointed out above, because the

temperature of the refrigerant does not change much, the energy equation can be integrated
without causing serious problems.

dh dh
Assuming sz_v =0, ’a_zl = (), substituting (2.1) and (2.2),and rearranging, (2.3) becomes:
. - _
Mlv(hv - hl) +<o>p +(1 <(x>)pi PV (nd/A)qu 2.24)

oh dh JT ahl dh 0T
€

v v e 1
~ =" andT =7 T

As the refrigerant is saturated, thus 3t —dT ot 3 —dT ot
e €

Integration of (2.24) in the domain of z = (0, Le) gives:
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dT | dh (Le dhl Le

—e | _ ¥ — ,

3t 4T L) pv<a> dz+dT o p1(1-<a>) dz
4 €

Le Le.
—J (rd/A)q dz - M (h -h)dz
0 p o Wvov

(2.25)
Therefore
oT Q-(h-%hv
€ (4 vV
Py dh dh , (2.26a)
_v 1
Moar "M ar
€ €
where
Le
Q =J' ndo (T -T)dz (2.26b)
€ % e w e
Le
M =J Ap <o>dz (2.26¢)
v Jo v
Le
MI = L A p1(1—<a>) dz (2.26d)

Integrating (2.1):

Le
m = J AM dz
v 0 v

d

Le
Le [ d
= ot [J’U A<a>pvdz] + . A 3z [<o>p u |dz

vy
dM
_ v

P rhv(l,e) - 1hv(0)



oM

v .
T ot + mcomp xin mtev (2.26e)

Now, the dynamic evaporator system is composed of 6 differential equations: (2.23), (2.26),
2.11), (2.13), (2.15), (2.16) to solve 6 unknown variables : <a>, T, T, T , w, 0.
e s pw a a

However, solution of this system still needs more auxiliary equations which are the void
fraction model, the correlations for heat and mass transfer coefficients and pressure drops.
They will be described below and in chapter 6

2.5 Void fraction model (VFM)

2.5.1 Comparison of the existing void fraction models

In equation (2.23), C, is still not known, that should be calculated from the void fraction
model (VEM). The purpose of the VFM is to account for the fact that the vapour and liquid
travel at different velocities in the two-phase flow region. The void fraction distribution
is determined by Equations (2.4) and (2.5). However, solution of these two equations is
difficult. From the literature, three methods can be found to tackle the problem. 1)
empirical method; 2) analytical method; 3) numerical method. Before the void fraction models
are discussed, several basic relationships between the following important parameters should
be made clear.

Uv

ul
Fig.2-6 Cross-section of the two-phase flow in the evaporator pipe.

u /ul — <o>— C, cormrelation (see Fig. 2-6):
v
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u
v

" <o>u +( 1—<a>)ul
v

1

<o+ <1-a>u1 /u
v

u /ui — <o> — x correlation:
1%

Xxm

u pv<(x>A

l<

=1

! (1-x)m

pl( I- <o>)A

x(1-<o>) p[
=" o)
(1-x) <a>p (2.28)

\%

It is obvious that if any two of the four parameters: C, , <a>, X, u /ul are well known, the
vV

others can be calculated. In the literature, different correlations between different
parameters arc given. Below are several examples.

Hancox's correlation [2.24] is an empirical one between C, and <o>:

1 -exp(-c, <a>)

- - 224
G L~ explc) (I+c )-¢ <o> (2.29)

where ¢, =19,¢, =0.2 (for water steam)
Levy's correlation [2.25] is an analytical one between x and <o>:

X = (2.30)

<o>(1-2<a>)+<o> { (1 -2<o>)® + <o | 2p1 /p (1- <a>) +<o>(1-2<a>) | }0 ’
vV

2p[/p (1-<o>) * + <o>( 1-2<a>)
v



Zivi's correlation [2.26] is also an analytical one but between u /uland X:
v

1-x 13
4 P_m 1+E(pV/pl)(x)

- @.31)
Y 1+ E(l—x")

However, all these models are subjected to certain required conditions and cannot cover the
whole range encountered in the two-phase flows of refrigeration evaporators. The most
accurate method is to solve the governing differential equations numerically with a small
number of assumptions. With the development of computational fluid mechanics and computer
science, numerical solution of one-dimensional two-phase flows can be obtained by using
advanced computer packages. In this thesis, PHOENICS [2.27] has been made use of. The
following is the output of the application of PHOENICS.

20 Velocity (m/s) 4 Void fraction

- = vapour
— liquid

08

06

04

8
Length (m) Length (m)

Fig. 2-7 Qutput of PHOENICS simulation.
left: vapour and liquid velocity distributions along the evaporator pipe.
right: void fraction distributions in the pipe.

As an example problem, the refrigerant with an inlet velocity of 0.2 m/s and quality of 0.0
flows through a tube of 15 m, under constant evenly distributed heat flux. Fig. 2-7 shows the
vapour and liquid velocity, as well as the void fraction distribution along the tube. Given a
different interfacial transport coefficient fl , the distribution is different from another.

Based on the numerical solutions, a function between u /uI and <o> can be fitted for a f
v I3

value by using the least-square root method. The following equation is in the form of a
polynomial.
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1o i
=¥ B<oa>
ul =0 1

where B is given in Table 2-1.
1

Table 2-1 Constants in Equation (2.32).
fi = 300 fi = 30 fi = 3
By = 0.9792383e+00 0.8314188e+00 0.8317894e+00
B, 0.1611848e+01 0.1908810e+02 0.1923208e+02
B, 0.4663572e+02 -0.2538455e+03 0.3954346e+01
B, ~0.7387211e+03 0.3897408c+04 0.2028107e+04
B, 0.567429%4e+04 -0.2843790e+05b -0.2638837e+05
Bs ~0.2372763e+05 0.1114197e+06 0.1348492e+06
Bs 0.5765007e+05 -0.2580514e+06 -0.3688698c+06
B, ~0.8404353e+05 0.3657613e+06 0.589764Re+(6
By 0.7261648e+05 -0.3123267e106 -0.5533253e+06
By -0.3432190e+05 0.1477399%+06 0.2826817e+0¢6
Bl o 0.6842722¢+04 -0.2976721e+05 -0.607623%e+05
Quality
|
— PHOENICS fi-300
*** PHOENICS (i=30
L * = PHOENICS fi=3
0.8 *— Hancox
“— Zivi I
— Llevy {
0 01 02 03 04 05 06 08 09 1
Void fraction
Fig.2-8 Comparison of several void fraction models. This shows the influence of the

interfacial transport coefficient fi.



The comparison of the obtained correlation to the others introduced above is illustrated in
Fig. 2-8. It can be found that the range of f = 3 to 300 almost covers all of the models.
1

However, selection of the f value has to be carried out experimentally.
1

2.5.2 Effects of the VFM on the evaporator behaviour

a) Onthe U andQ values of Equation (2.23)
o o

Equation (2.23) is the void fraction propagation equation in which the wave speed U and
o

source Q are dependent on the void fraction model.
o

aC,
Ua= [Co + o <o>]<u> = Cv<u> (2.33)
Ap Mz
Q=(1-C <o>—)——=CM (2.34)
o pl o] ’ s v

Clearly, the smaller C is, the slower the propagation speed is. Fig. 2-9 shows the
v

variations of C and C as functions of <o>.
v R)

Cv Cs
4 0.07
0.06
005 I\
0.04f \,
AN
0.03 IN
o2} RN
IR
0.01 T~
IRt iy
ol T
0 01 02 03 04 05 06 07 08 08 1 0 01 02 03 04 05 06 07 08 09 1
Void fraction Void fraction
—fi=300 -—fi=30 °°" fi=3 — =300 ~—fi=30 °* " fi=3
Fig.2-9 Effect of the fi value on the coefficients of Egs. (2.33), (2.34).

left: variations of Cv as a function of <o.>.
right: variations of Cs as a function of <a.>.
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On the other hand, the propagation speed is directly related to the position of the boundary
between the two-phase and single-phase flow regions. Fig. 2-10 shows the responses of the
two-phase flow region length Le to a step change of the inlet mass flow rate and a step
change of the heat flux added to the refrigerant. It can be found that the smaller the
interfacial transport coefficient fi , the slower the response of the two-phase flow region
length Le.

Le (m) Le (m)

3t 3
0 4 A 1 A L 1 1 L O 4. 4 i 1 L 1 i i
o & 10 15 20 25 30 35 40 45 0 5 10 15 20 25 30 35 40 45
Time (second) Time (second)
Fig. 2-10 Responses of the evaporation region length Le with different fi values:

left: when the inlet mass flow rate is increased with a factor of 2.
right: when the heat flux is decreased with a factor of 2.

015 Mass content (kg) 015 Mass content (Kg)

fi=3

0.12

0.09

I fi=30

0.06 F _ 06F
fi=300 =300
003F  / 003
0 - 0 AU
0 5 10 15 20 25 30 35 40 45 0 5 10 15 20 25 30 35 40 45
Time (second) Time (second)

Fig. 2-11 Responses of the total refrigerant mass content with different fi values:

left: when the inlet mass flow rate is increased with a factor of 2;
right: when the heat flux is decreased with a factor of 2.



b) On the refrigerant mass content inside the evaporator pipe

The refrigerant mass content in the eveporator pipe is important when the refrigerant charge
and inventory are calculated. It also affects the off-period behaviour of the evaporator.
Different void fraction models can result in different refrigerant mass content distributions
in the evaporator. Fig. 2-11 illustrates the responses of the total vapour and liquid mass
content to a step change of inlet mass flow rate and a step change of the heat flux. It can
be found that the smaller the interfacial transport coefficient fi , the slower the response
of the refrigerant mass content in the evaporator. Moreover, the total refrigerant mass
content is more for a smaller fi in steady-state situations.

2.6  Off-period modelling

As during off-periods no refrigerant mass flow is present, the modelling on the refrigerant
side can be treated differently. While, on the air side and the pipe wall, there is no
difference between on-periods and off-periods, provided that the evaporator's fans keep
running.

Temperature (C)
30 P

Pyt [«  Off-Period ——*

20 H 1 1 1
0 250 500 750 1000
Time (S)
T Inlet temperature © = 7 OQutlet temperature
""" Temperature calculated from the measured outlet pressure
Fig.2-12 Experimental result to verify the assumption that a saturated equilibrium

state is immediately reached throughout the whole evaporator pipe, as soon as
the compressor is stopped.
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Experiments (sec [2.28]) have demonstrated that as soon as the compressor stops, the inlet
and outlet refrigerant temperatures in the evaporator immediately reach the saturated
temperature corresponding to the measured pressure (see Fig. 2-12). This phenomenon supports
the assumption that a saturated equilibrium state is immediately reached throughout the whole
evaporator pipe. This assumption allows to consider the refrigerant as homogeneous, that is,
a lumped model (see Fig. 2-13).

L 1ot

Ce

Fig.2-13 An evaporator "tank” which is assumed to represent the off-period evaporator.
) I

2.6.1 Incomplete evaporation situation

When the refrigerant liquid is not yet completely evaporated, the vapour and liquid co-exist
at saturated equilibrium state.

Continuity equation for the vapour:

d(<a>p )
v dt V =My (2.33)
where the vapour is considered to be compressible and saturated
Continuity equation for the liquid:
d(1-<a>)
— " =. 2.3
p[V dt m[v (2.36)
dp dp dT
€

Substituting (2.36) into (2.35) and using Q . T dt and neglecting p /p[:
V
(4

53
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dp dT

m, = VO Gr de 2.37)
€
Energy equation for the mixture (the same as Equation (2.26)):
dT Q - (h - hl)rhl
—¢ __¢ v y
dt - dh dh (2.38)
— M 1
vdT 1 dT
€ e

Thus Equations (2.37) and (2.38) determine two unknown variables T and fnl
[4 v

2.6.2 Complete evaporation situation

If the off-period is long enough, the refrigerant liquid may be totally evaporated. Then the
situation becomes a single-phase problem which can be described by only one equation.

a, o
—L
M
gdT
8

where the vapour is superheated and its density is constant.
2.7 Discretization of the equations

2.7.1 The refrigerant side

To discretize (2.23), the coil circuit needs to be sub-divided into small elements as shown
in Fig. 2-14. In order to obtain a stable solution, the implicit finite difference method has
to be used, which results in the finite difference equation below:

n+l n n

<> - <o U
m m n o m
—_— = -
At am 4Az

n+l n+l
[<o> - <> <o - <o ] (2.40)
m+1 m- 1 m+1 m-1

where n is for time and m is for position.
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Air flow

Refrigerant 1 2 3 . . m
| — |
Two-phase flow Single-phase flow

Fig. 2-14 Sub-division of elements in the refrigerant flow direction.

The following initial conditions are necessary:

0
) <a> (m=0,1,2,...M)
m

2) <a>2 (n=0,1,2,..N)

The solution of (2.40) determines the length Le of the two-phase flow region. With Le |
(2.26) can be solved. However, the assumption has to be made that dMv/ar is very small,
otherwise (2.23) and (2.26) need to be solved simultaneously, which requires long computation
times.

2.7.2. The pipe wall

The evaporator pipes are normally arranged in three dimensions. Thus discretization of (2.13)
requires the evaporator to be sub-divided into a 3-dimensional network with small elements,
each of which centres around the corresponding pipe. The clement number in the i direction
can be arbitrary, while the subdivision in the j and k directions must be the same as the
arrangement of the pipes. Fig. 2-15 shows the element division of an air cooler.

(2.13) can then be discretized on this element network as follows,

+/ n n
T I T2
[N, i I NR i -1 A
= [ (AA),
At cM | i Az,
p ijk i

[ 8]
N



T Ik+T'_' ‘“(-21’,‘ " T’,‘,k 1”"‘ _“-21’_'*
1]+ | N il i +(XA) 1 LK+ i ,] K- 1.7 ]
Az, k Az
J k

+ (AA)
J

+Q +Q 2.41)

To compressor

.@Q@@J

-___....__._._-.__.._.._._-

©©
@
@
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© ¢

-_-._.._....._._._.__.._._4_-

®
0!
ol
©
©

——— e —— e b e v e ——
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IR L

A7 =

Fig.2-15 Sub-division of elements in three-dimensional space.
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where (kA)i, (AA), (KA)k will be calculated in chapter 6. For sake of simplicity, the
J

boundary of the element network is assumed insulated.
2.7.3 The air side

Although the air flow is in one dimension, the air temperature and humidity distributions are
still space-dependent owing to their interaction with the pipe wall. The division of the air
is the same as that of the pipe wall. Therefore (2.15) and (2.16) have the following finite
difference equations:

ik e . '
LS L iD)m /m (2.42)
AZ w,ij.k ij.k
k
ik b
iJ ik : :
=(rnD 243
Az, (r )qi,j,k/ ™ ik (2.43)

The boundary conditions are the air inlet conditions:

1y w.  (G=1T1andj=1.J)
ij,0

2) h_ (t=11andj=1,J)
ij,0

2.7.4 Transformation between the two element notations

Above, two types of element divisions have been described. One is according to the
refrigerant flow direction and another is according to the arrangement of the pipes. To
facilitate the programming procedure, transformation between the two element notations is
necessary. This can be realized by using a transformation matrix IT which is input according
to the coil circuitry of the evaporator concerned. Fig. 2-16 illustrates the way in which [1
is filled. With this matrix, the pipe wall temperature can be notated in both one and three
dimensions. The transformation from one to another is as follows:

1,j,k) =" T1(i,j .44
pr.3- RS pr‘ 1.g (TIGGKD) (2.44)

Such a method makes the data transfer between the inside and outside of the pipes much

easier.



Fig.2-16 Transformation between the two element notations.

2.7.5 Logic diagram

Fig. 2-17 gives a logic diagram to implement the dynamic model on computers. The computer
program starts with initial values which are the output of a steady-state model. The
simulation time is at this moment set to be zero. If the compressor is running, then the
subroutine for on-periods on the refrigerant side is called with which (2.23), (2.26), (2.11)
are solved. If the compressor is stopped, the subroutine for off-periods on the refrigerant
side is called with which (2.37) and (2.38) or (2.39) are solved. Afterwards the subroutine
for the air side is called with which (2.15), (2.16) are solved. Finally the subroutine for
the pipe wall is called with which (2.13) is solved. Meanwhile, the auxiliary subroutines for
the heat transfer coefficients and pressure drops as well as the physical properties are
called. Such a computational loop is repeated until the total simulation time is reached.
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input
initial values

| heat transfer |
coefficients
| on-period
refrigerant side

off-period heat transfer
refrigerant side coefficient

pressure drops
heat transfer
coefficient
no
Fig.2-17 Flow chart of the computer program of the non-steady-state model.
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Chapter
THREE
Dynamic Modelling of the Condenser

3.1 General

The function of a condenser is to remove heat from a refrigerating system 1o its surrounding.
In the case of a simple vapour compression refrigeration cycle, the total removed heat is the
summation of the heat received by the evaporator and the work charged to the compressor. The
thermal process in the condenser can be divided into three phases: de-superheating,
condensing and subcooling. To fulfill this function, several types of condenser are used in
practice. According to their constructions and cooling mediums, they are classified as shown
in Fig. 3-1. Among them, water-cooled shell-and-tube condensers (see Fig. 3-2) are often used
in the places where cooling water is avialable. Therefore this type of condenser is chosen as
the object of this study.

Natural Convection
Air-Cooled -[
Forced Convection

Evaporative
Condenser Double-Tube
Water-Cooled {Sheli-andom

Shell-and-Tube

Fig.3-1 Classification of refrigeration condensers.



Fig. 3-2 Photograph and internal structure of a shell-and-tube condenser.

In a shell-and-tube condenser, the superheat vapour from the compressor enters the shell at
the top and condenses on the outside of the pipes. At the bottom of the shell, the condensed
refrigerant is further cooled to be subcooled liquid which leaves for the expansion valve.
For improving the refrigerant side heat transfer coefficient during condensation, most shell-
and-tube condensers are provided with low-finned tubes. The cooling water flows through the
pipes. In order to increase the velocity of the flowing water, the pipes are grouped into
passes by using partitioning plates. Since the number of pipes in each pass is different from
another, the water velocity in the pipes of each pass is also different from another.

In contrast to the evaporator, the shell-and-tube condenser is of a bath-type and does not
involve two-phase flows. Moreover, there usually exists a clear boundary between the vapour
and liquid phases of refrigerant in the condenser. Under such a particular condition, the
approach of lumped modelling can be utilized to model the condenser. The advantage of a
lumped model is that no partial differential equations appear in the model and accordingly
the numerical solution of the equations becomes easy. However, a lumped model has to be on
the basis of some necessary assumptions which determines the quality of the model. Because,
in reality, pure homogeneous systems do not exist, any attempt to lump a distributed system
needs certain amounts of assumptions. In the case of the condenser, the main assumption is
the boundary layer concept which allows to limit the space-dependency of the problem within a
small region near to the boundary between the refrigerant and tube wall. The partial
differential governing equations can be analytically integrated in this small region and the
analytical solution can be directly used in the model.
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Therefore, the emphasis of this chapter will be laid on the application of the boundary layer
theory to modelling of shell-and-tube condensers. Besides the modelling strategies, the
derivation and solution of the conservation equations will also be described. The modelling
ideas created in this chapter will be also used in chapter 4 where the steady-state model is
developed.

3.2 Literature

Modelling of shell-and-tube condensers has been a hot subject, since the technique of
mathematical modelling was introduced to the field of refrigeration. Taking it for granted
that such type of condensers are more or less like a well-stirred tank, almost everybody
models them as lumped. Differences between each other exist in two aspects: the treatment of
vapour phase of refrigerant; the zone-division of tubes. Below, several representative models
are assessed.

James and Marshall [3.1] developed a dynamic model for a shell-and-tube condenser in 1973.
Their "conceptual model” represented the condenser by using 5 zones: 1) vapour outside the
boundary layer, 2) bounbary layer, 3) liquid refrigerant, 4) water in the tubes above the
refrigerant liquid level, 5) water in the tubes submerged in the refrigerant liquid. The
refrigerant vapour outside the boundary layer was considered to be superheated with a
temperature between the inlet and saturated temperatures. The most interesting concept is
that a certain amount of vapour was assumed to be cooled down in the boundary layer and then
to escape to the vapour space. This is a phenomenon taking place in reality. However, as they
did not go deeply towards the boundary layer, the mass flow rate of the escaping vapour was
impossible to calculate. They could not help but assumed an artificial ratio of the mass flow
of the escaping vapour to that condensed. This model was later applied by Wong [3.2] to
analyze capacity control of refrigeration systems.

Yasuda et al [3.3] presented another dynamic condenser model in 1981, The condenser was
described by one lumped zone that included four thermal elements: refrigerant, cooling water,
tube, shell. The refrigerant vapour and liquid were considered together as a homogeneous and
saturated medium. The proportion between vapour and liquid was fixed by rule of thumb and
assumed independent of time. Apparently, this model is much rougher than that of James.

van der Meer [3.4] improved the model of Yasuda by dividing the condenser into two zones:
condensation region and subcooling region. Respectively, the cooling water, tubes and shell
were split into two distinguished portions. However, as he did not think about the boundary
layer around the liquid film on the tubes, therc was always a lack of a governing equation.
He then had to suppose the refrigerant vapour in the condensation region was saturated
instead of superheated. This assumption is obviously far from reality.




Comparing the three existing condenser models, it is found that the model of James is the
most realistic. However, because of the lack of a further consideration of the boundary
layer, some artificial treatment had to be imposed to calculate the amount of escaping
vapour. On the other hand, all the three models adopted a simple way to tackle the cooling
water and tubes which were not divided or just divided into two parts. Such assumptions
undoubtedly decreased the quality of the models. Based on the conclusions drawn from the
literature study, we decide to establish a new model with the emphasis on the consideration
of boundary layer and with a more precise zone division of cooling water and tubes.

3.3 Division of basic elements

As has been done by all other model makers, the model to be developed in this chapter will
also take the form of a lumped model. To set up a lumped model, the division of basic
elements is decisive as a prolusion of modelling.

Refrigerant side

inlet

mixing vapour

liquid film
boundary layer

shell

return back

subcooled liquid

outlet

Fig. 3-3 Inside vision of a shell-and-tube condenser
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Division of the lumped elements for modelling the condenser




Consider a condenser system shown in Fig. 3-3, the superheated refrigerant vapour enters the
shell at the top and is then mixed with the vapour standing still inside the shell. As an
assumption, the mixing process is thought so perfect that the temperature of the refrigerant
vapour in the region above the liquid level and outside the boundary layer is independent of
spatial position. At the same time, a proportion of the vapour in this region enters the
thermal boundary layer and is cooled. It is assumed again that the temperature gradient
appears only in the thermal boundary layer. This amount of cooled vapour partly condenses on
the outside surface of the tube wall and partly returns back to the main region and mixes
with the rest. The condensed refrigerant usually forms a liquid film around the tube wall.
Such a condensation process is called film condensation. In our case, we always assume a film
condensation. The liquid film finally drops down to the bottom of the shell and form another
distinguished region: subcooling region. At the bottom there is an exit where the refrigerant
liquid leaves the condenser.

Fig. 3-4 shows the division of basic elements. It needs to be pointed out that the mixing
vapour and the thermal boundary layer are combined into one element, because the mass flow
rate of the escaping vapour from the boundary layer is difficult to determine. Such a
combination can be justified with the following explanations: 1) as the boundary layer
contains very small amount of refrigerant, the temperature of the combined element can be
represented by the mixing vapour temperature; 2) although the escaping vapour 1o a large
extent influences the mixing vapour temperature, the effect is automatically taken into
account if they are put together in one control volume; 3) Although the boundary layer and
the mixing vapour are regarded as one element, the significance of defining a boundary layer
still exists: to calculate Qbou (see section 3.5). With the above consideration, the
refrigerant side of the condenser can be represented by three lumped elements:

a) the superheated mixing vapour including the thermal boundary layer

b) the condensed liquid film that may have some degrees of subcooling near to the
surface of the tube wall

c) the subcooled liquid at the bottom of the condenser

Cooling water and tubes

The refrigerant side is divided into three sections, because the velocity of refrigerant is
almost zero. However, the cooling water flows inside the tubes and its temperature varies
along the flow direction. Thus lumping the cooling water into one or two sections seems (o be
unrealistic. In practice, the tubes are grouped in passes each of which has the same water
flow. All the tubes in one pass share the water flow and have the same temperature profile of
water. Therefore, it is easy to think about regarding one pass as one element. To account for
the total heat transfer area and cross-sectional areas of the tubes in one pass, a virtual
tube can be used to replace the element, as illustrated in Fig. 3-5. The relations among the
elements are also shown in Fig. 3-4.
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Fig. 3-5 Element division of the cooling water and tubes.

Shell wall

The condenser shell is in contact with the mixing vapour and subcooling liquid. Respectively,
it can also be divided into two parts between which no heat conduction is assumed to occur.
As the shell wall is made of heavy metal and possesses rather large heat capacity, the effect
on the dynamic behaviour of the condenser is quite important.

3.4 Conservation equations

3.4.1 Superheated vapour

continuous film condensation discontinuous film condensation

Fig. 3-6 Two modes of refrigerant liquid flows around the condenser pipes.

As shown in Fig. 3-4, the element of superheated vapour consists of two proportions of
vapour: the mixing vapour in the bulk region and the vapour in the boundary layer. If the
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falling process of the refrigerant liquid from one tube to another is discontinuous (see Fig.
3-6), a boundary layer is built up on each tube. The refrigerant vapour in the boundary layer
escapes from each tube to the bulk region. In this case, the temperature distribution of the
mixing vapour is nearly homogeneous all over the bulk region. If the liquid film is
continuously formed around the tube bundle as shown on the left side of Fig. 3-6, the
refrigerant vapour would escape more from the lower tubes. Then the mixing in the bulk region
would be uneven and the upper part of the region may have a different temperature from the
lower part. In this situation, a lumped model for the mixing vapour would not be suitable.
More information about this problem can be founded in [3.6]. Hereafter, we only assume a
discontinuous film condensation. The conservation equations for the superheated mixing vapour
are then as follows:

Mass balance:

d(pr my__myv . N
=m . -m 3.1

dt rin  rcon
Energy balance:

dp V h

rmy _my rmy .

=m h -m - -
dt rin rin  rcon rvcon rsh2 " bou

3.2)

where Qb is the heat transfer from the thermal boundary layer to the liquid film and causes
ou

a cooling-down of the mixing vapour to a saturated state. The details on the calculation of
Qb will be described in 3.5.
ou

Q (T -T ) (3.3)

=a A
rsh2  rsh2 rsh2” rmv sh2

The concerned heat transfer coefficients will be specially introduced in chapter 6 and the
heat transfer areas will be calculated in Appendix 3. The inlet conditions of the condenser
are determined by the compressor model which will be described in Appendix 1.

3.4.2 Liquid film
The liquid film is a very thin layer of refrigerant liquid. As a temperature difference is
needed for heat transfer, there must be a temperature gradient in the liquid film from the

condensation temperature to the tube wall temperature. The average temperature of the liquid
film was empirically given by Henrici [3.5] as below:
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-0.528(¢(T  -T ) 3.4)

rfilm  rcon rcon  tube

Because of the little amount of refrigerant, the heat and mass accumulations in the film are
negligible. Then the conservation equations for it becomes:

Mass balance:

mr,film= mr,con 3.5
Energy balance:

: : N

m h -m _h _ +Q -¥% qQ = (3.6)

rcon rv,con  rfilm rfilm bou k =Nsub+1 “tubek
where
=a A T -T 3.7
Q/ube,k con tube,r,k( rcon  tube k 37

3.4.3 Subcooled liquid

In a dynamic process, the level of the subcooled liquid changes with the refrigerant mass
deposited at the bottom of the shell. Thus the heat transfer areas between the refrigerant
and tubes, the refrigerant and shell, changes also, that is, Nsub, the number of tubes
(virtual tubes) merged in the liquid is changeable. The calculation of these areas, Nsub, as
well as the height of the liquid level is a matter of geometry, if the liquid mass and
density are well known. The details about the calculation will be given in Appendix 3.

Mass balance:

av )

b . .
o} M -m (3.8)
rsub dt rfilm  rout

Energy balance:

d(v bh b) Ns ub
SU IS - . S W
p =m h -m h -Q - 3 _ (3.9)
r.sub dt rfilm rfilm  rout rsub  rshl =1 " ube,j

where the heat transfer rates arc calculated as follows:
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Q

= A T -T .
r.shl ar.shl r,shl ( rsub  shl ) (3.10)

Q 3.11)

=o A (T -T )
tubej  sub tuberj rsub tube,j

The outlet mass flow rate of refrigerant is calculated by the TEV model which will be
described in Appendix 2.

3.4.4 Tube wall

The tube elements are defined according to water flow passes. The conservation equations of
them are all similar to each other. Therefore, hereafter only one of them is considered.
Moreover, the mass of tubes does not change and the mass conservation is not interesting. The
energy conservation equation for element j is then as follows:

Energy balance:

d¢h A )
_ _tubej (3.12)

whej At “wbej ij

As the temperature increase of water in one pass is not big, an arithmetic temperature
difference is used to calculate the heat transfer between the tube and water.

=0 A (T -T ) (3.13)
wj wy tubew, tubej wj

34.5 Cooling water

Assume the cooling water is incompressible. Each of the water elements (one water pass)
should have the same mass flow rate. The energy balance equation for element j is then as
follows:

Energy balance:

dh )
—-m(h  -h )+Q (3.14)
wy dt w o owinj  woutj w,j

whereh =0.5(h . +h ).
w,j w,ing  w,outj
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3.4.6 Shell wall

The condenser shell is divided into two elements as shown in Fig. 3-4. The volumes of the two
elements change with the height of the liquid level. However, because the change of the
liquid level is very slow, the volumes of the shell elements can be assumed independent of
time in deriving the equation. However, they are not constant at all during simulations,
because they are calculated using the height of liquid level which actually changes with
time. But this change is assumed not to have a dynamic effect. If one of the two elements is
only considered, then:

Energy balance:

deh )
- =Q -Q (3.15)

\%
P sh shdt rsh shatm

A (T -T ) (3.16)

=q
shatm  shatm sh  sh atm
3.4.7 Closure of the conservation equations
Until now, all the conservation equations for the lumped elements divided in 3.3 have been

set up. It is necessary to check whether the set of equations is closed or not. Below the
unknown variables to be solved as well as the equations to be used are listed.

Unknown variables Equations

1. T condensation tcmperature (3.1)  mass balance for the mixing vapour
r.con

2. T temperature of the mixing vapour (32)  cenergy balance for the mixing vapour
r.my

3. m i mass flow rate of the dropping liquid (3.5)  mass balance for the liquid film
rJjim

4. m condensation rate of refrigerant (3.6)  cnergy balance for the liquid film
r,con

5.V . volume of the subcooled liquid (3.8)  mass balance for the subcooled liquid
Su

6. T , temperature of the subcooled liquid (3.9)  energy balancce for the subcooled liquid
r,Su

7. T e temperature of the tube wall (3.12) energy balance for the tube wall
tube j

8. T . temperature of cooling water (3.14)  cnergy balance for the cooling water
wy

9. T " temperature of the shell wall (3.15) cnergy balance for the shell wall
S

It is clear that the set of equations is closed, which forms a dynamic system of the
condenser. The numerical solution of these equations will be discussed in 3.6.
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3.5 Boundary layer theory

In equation (3.2) and (3.6), there is a term Qbou which is the heat transfer from the thermal

boundary layer to the liquid film. To calculate this heat transfer, knowledge about the
boundary layer theory is required. This section is intended to describe how to use the
ordinary boundary layer theory in the case of film condensation.

The concept of boundary layer was firstly proposed by Prandtl in 1904. He assumed that
friction force plays a role only in a very thin layer of fluid near to its boundary which is
often a plate standing still. Outside the layer, he just assumed a potential flow. With his
assumptions, the Navier-Stokes equations can be simplified and solved analytically. The
Prandtl's boundary theory was later applied to solve the energy equation and the concept of
thermal boundary layer was accordingly brought out. However, the original boundary theory is
subjected to transport processes between flowing fluids and solid boundaries. Collet [3.6]
extended the ordinary boundary theory to a particular case: film condensation of superheated
refrigerant vapour in a shell-and-tube condenser. Hereafter a summary of her work is given.

3.5.1 Setting up of boundary layers for vertical film condensation

tube wall

=0 boundary layers mixing vapour
) |

Tube Tr,con Tr,mv
Fig. 3-7 Boundary layers for vertical film condensation

Fig. 3-7 illustrates a velocity boundary layer (thickness = ) and a thermal boundary layer
(thickness = BT) outside the liquid film of a condenser tube. In contrast to the ordinary

concept of boundary layer, these two boundary layers are established on a moving liquid film
instead of a solid plate. The vapour on the surface of the liquid film has a saturated
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temperature T and velocity (U,V). In the space far from the liquid film, the vapour has
r.con
a temperature with high superheat, T and a velocity of zero. Following the basic
r.my

assumption made for a boundary layer, it is assumed that the velocity gradient completely
takes place in the velocity boundary layer and the temperature gradient in the thermal
boundary layer. Thus, on the inner and outer surfaces of the two boundary layers, there exist
the following relations

T u =0, T T

Uiv r,con; y=0 y=5T: r.my

= = —V' T =
! | y=0 y=(0 T ly=0

v l 5 is however determined through the mass balance over the whole velocity boundary layer.
y:

As the temperature and velocity outside the boundary layers are assumed constant, to ensurc a

continuity of gradient, there should be

ov oT

=0:
y=8 7 9y

y=5T

dy
The vapour velocity (U,V) on the liquid film can be obtained by using the Nusselt theory (see

[3.7].

v=Ax". v=Bx" (3.17a)

where

A(T -T g

A= I rcon _tube l1/2 (3.17b)
By
!
A (T T ) :
{ rcon~ tube p1 &7 14
B= [ AT T ) ] (3.17¢)
pvY p.[ " rycon tube

With all these boundary conditions, the energy and momentum cquations can be analytical
integrated over the boundary layers.



3.5.2 Calculation of the boundary layer thicknesses § and 3 T

By using the assumptions made above as well as an order-of-magnitude analysis, we are able to
derive the boundary equations as follows (see [3.7])

Continuity equation:

Jdu dv
ax tay 0 (3.18)

Momentum equation in the x direction:

Ju Ju 82u

uax+vay=v'é;7‘ (3.19)

Energy equation:

aT oT

3T
TTHvT_=aTT .
uax+vay aay (3.20)

Boundary conditions:

u |y=O=U; v |y=0=-V; T 'y=0=Tr.con; u !y=8 =0;
ov oT
' |y=8T: Lot ayly=s=% 3y y=5T=
Solutions:

The integration of (3.18) and (3.19) over y=(0,5) results in (see [3.6])

x-velocity distribution in the velocity boundary layer:

y 3
u=U(1-73) (3.21)
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thickness of the velocity boundary layer:

§=Rx (3.224)
where R is calculated as follows:

14 B 2 78 105 v

2 12
R=- -1
SA +51(A)+ A ] (3.22h)
Then the integration of (3.18) and (3.20) over y=((),57) results in
temperature distribution in the thermal boundary layer:
T=(T -T )1C(3-3L+)+T (3.23)
r.nmy r.con r,con
Yy
h ="
where { 5
T
thickness of the thermal boundary layer:
8,}‘ =E3J (3.244)
where E is calculated as follows:
4B 1 ; 3 1 1 4a
2
— - 1E+7T7E -TE+7T -7 2= .
(3aR 21 B *30E 0B a0 a0 (3.240)

3.5.3 Calculation of the heat transfer to the liquid film

As soon as the temperature gradient of refrigerant in the thermal boundary layer is
determined, the heat transfer from the boundary layer to the liquid film can be calculated as
follows (see Fig. 3-8):

11 9T
=I,J AT d .25
Qbou 0 7 dy | y=0 * (3.25)
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liquid film  thermal boundary layer

Fig. 3-8 Thermal boundary layer on the liquid film.

According to (3.23), the temperature gradient at y=0 is then:

oT 3¢(7T -T )
—_— _ r.my r.con

As the thickness of the thermal boundary layer is given by (3.24), thus:

H 1

=3L -T J 2
Qbou 3 xv(Tr.mv r.con) . ER xm dx (3.27) }

4LHA (T -T
V r.my r.con
= ER x1/4 (3.28)

In the case of a condenser tube (which is not a vertical plate), analogue can be made as
below:

4A A(T T )
mhg v r,mv N
Q.= ER(05zD) * (3.29)

Above, we have made an analogue between a horizontal tube and a vertical plate. Basically
there must be a difference of the liquid film velocity between them —— the direction of
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gravity is always the same as the liquid flow direction for a vertical plate; but the
direction of the liquid film velocity on a horizontal tube takes the tangential direction of
the tube and is thus not align to the gravity direction. Nevertheless, Collet [3.6] suggested
that the tangential liquid velocity of a round tube be not considerably different from the
velocity of a vertical plate in three quarters of the contour of tube. She proposed that the
direct adoption of (3.28) to a horizontal tube will not result in large deviation.

3.6 Solution of the equations

In 3.4 a set of ordinary differential equations have been derived, which determine 9 unknown
variables together with a number of auxiliary equations for calculating the physical
properties and heat transfer coefficients. The solution of these equations is usually carried
out on a digital computer. To do so, two problems have to be solved. One is to have a set of
initial conditions and another is to select a numerical method. Normally initial conditions
are estimated by a steady-state model that will be described in chapter 4. The numerical
methods for solving sets of ordinary equations are diverse. However, the simplest is the
Euler integration method that we decide to use. Hereafter a summary of this method is stated.

Given a set of equations consisting of n differential and m algebraic equations:

Differential equations:

dxl
dt =fi(xi’ o "Xn’ yl’ o .’ym)
dx
——;:f(x L0 a0 X Lo )
dt 27 ’ n’yI’ ’ym
dx
dt n wr m

Algebraic equations:

y[:gi(xl,- T XYY )

y2=g2(xl,~ S X LY, Y )
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ym=gm(x1,- XYoo -,ym)

the solution of the set of equations is given in the form of a sequence formula:

x (HAD=x () +AtF(x @), - - -, x O,y @®, - -,y (D)
1 1 1 1 n 1 m
xz(t+At)=x2(t)+At fz( xl(t),- : -,xn(t), yz(t)" : ~,ym(t))
X (t+AD =x () +Atf (x (D), - - -, x O, y(@), - - -,y @)
n n n ! n 1 m
y (t+A) = g (x (t+AD), - - -, x (t+AD, Yy (), - - -,y (1)

1 1 1 n 1 m

y (tHAD) = g (x (t+AL), - - -, x (t+AD, y (1), - - -,y (D)

2 2 1 n 1 m

y (t+at) =g (x (t+AD), - - -, X (t+AD),y (1), - - -,y (1)
m m 1 n 1 m

Such a calculation process is repeated until a required simulation time is reached. The
recording of (xl, .- ., x) at every time step is then the mathematical description of
n

dynamic behaviour of the system.
3.7 Closure

This chapter has given a detailed description of the dynamic model of a shell-and-tube
condenser which will be coupled with the models of the other components to simulate the whole
refrigeration system in chapter 8. The condenser model is applicable for both on- and off-
periods. Thus it is not necessary to make a separate model specially for off-periods, as made
in the previous chapter.
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For sake of simplicity, the heat transfer coefficients and physical properties of refrigerant
and water were not discussed in this chapter. The heat transfer cocfficients will be treated
together with the other cocfficients in chapter 6. And the physical properties are calculated
by calling the subroutines in a STOFBANK available at the author's laboratory.

As pointed out before, a dynamic simulation requires a certain number of initial conditions

which should be firstly estimated by a steady-state model. Therefore, the next chapter will
be concerned with developing a simple steady-state model.
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Chapter
FOUR
Steady-State Modelling of the Refrigerating Machine

4.1 General

In the preceding two chapters, the dynamic models of the evaporator and condenser were
described. As the compressor responses quickly, it can be considered as an instantaneous
model. In another word, for a dynamic simulation of the refrigerating machine, only the
evaporator, condenser and TEV models are needed to be dynamic, while the compressor model
could be steady-state. Because the TEV model has been established and validated by van der
Meer in his Ph.D. thesis [4.1] and the compressor model is simple and experimentally fitted,
they will be introduced in Appendices 1 and 2.

This chapter is written for another type of modelling: steady-state modelling. There are two
motivations to develop a steady-state model for the refrigerating machine: 1) as pointed out
in chapter 1, for a long-term simulation of the complete system consisting of a machine and a
room, a good combination of a steady-state machine model with a non-steady-state room model
is suitable. This forms the first motivation; 2) on the other hand, a steady-state model is
also required to determine initial values for dynamic simulations which are usually started
with a steady state in order to clean up initial "noise". In principle, the dynamic model is
also able to reach a steady state, provided that it is run for a quitc long time. However,
this proved not to be economical. It is also found that arbitrary initial values given to the
dynamic model often lead to divergent solutions. Therefore, a better way is to use the output
of a steady-state model as the input initial values for the dynamic model.

The importance of steady-state models for optimal design and manufacturing of refrigerating
systems has been stressed already in [4.2, 4.3]. Herein we will not go further on it.



In contrast to the dynamic modelling in the previous chapters, in which the emphasis was put
on the derivation and solution of the governing equations, this chapter is intended to pay
more attention on the implementations, iteration processes and coupling of the component
models, besides the modelling strategies and the derivation of the conservation equations.
The input and output relations and coupling among the components are also valid for dynamic
simulations. To make the context clear, the heat transfer coefficients and pressure drops
encountered in this chapter are also left for chapter 6.

4,2 Literature

Conde [4.4] developed a steady-state mathematical simulation model for air-to-water heat
pumps in 1985. The modelled system included a reciprocating compressor, a thermostatic
expansion valve, a direct-expansion evaporator, a liquid-cooled condenser and control
devices. For the compressor and TEV models, the manufacturers’ catalogues were used to
derive the necessary parameters.

The evaporator model is sophisticated —— the evaporator is sub-divided into a three
dimensional network of small control volumes. The reason for this is that when
dehumidification or frost-formation takes place, a better understanding of the local
conditions is necessary. The Lockhart-Martinelli correlation [4.5] is used to calculate the
local heat transfer coefficient in the evaporation region. The superheat region heat transfer
coefficient is calculated using the Sieder-Tate correlation. The McQuiston correlation [4.6]
is used to calculate the sensible and total heat transfer coefficients on the air-side. The
pressure losses in the evaporation region are considered in two parts: in straight tubes and
return bends. The results of Thom [4.7], Goldstein [4.8], Chisholm [4.9] and Geary [4.10] are
used. Besides dehumidification, frost-formation is also taken into account. A quasi-steady-
state model is proposed to tackle the essentially transient process of frost-formation, that
is, the conservation equations in the model are independent of time and only the equations
for the density, thickness, and thermal conductivity of frost are time-dependent. The outside
heat and mass transfer coefficients are assumed not influenced by the frost-formation except
the geometrical effects.

The condensermodelisaone-zonelumped model. A so-called weighted LMTD (logarithmic mean
temperature difference) is assumed, that makes the condenser a single-to-single phase heat
exchanger. Then no distinguish is made between the condensation zone and subcooling zone. On
the refrigerant side, the Kirkbride correlation [4.11] is used to calculate the heat transfer
coefficient. The enthalpy of the entering vapour from the compressor is added to the heat
transfer coefficient to account for the heat transfer resulting from de-superheating. On the
water side, the Dittus-Boelter correlation is used for calculating the heat transfer
coefficient. The refrigerant-side pressure drop across the tube bank is neglected. However,
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the pressure drops due to the sudden expansion and contraction at the inlet and outlet are
considered. The thermal resistance of the tube wall is neglected.

Although Conde considered almost every theoretical aspect about modelling of a steady-state
vapour compression cycle and also gave the logic diagrams for the computer implementation of
the model, no simulation results and experimental validation are presented in his work.

Domanski and Didion [4.12] developed a computer model for a vapour compression cycle with
constant flow area expansion device in 1983. The compressor is of a reciprocating hermetic
type and the evaporator and condenser are heat exchangers with coiled tubes and air as
coolant.

Because of the similarity between the evaporator and condenser, both of them are treated in
the same way. The so-called tube-by-tube simulation method is applied so that the general
finned-coil problem is reduced to a single tube problem. This method allows to divide the
whole heat exchanger into elements each of which is one tube. A certain coding has to be
worked out according to the coil circuitry of the heat exchanger, in order to re-assemble the
separated tubes. To perform the tube-by-tube simulation, two basic parameters are necessary
to be determined: the refrigerant mass flow rate for each tube and the fraction of the tube
length in the two-phase flow region. The first is calculated by using itcration processes to
check the equality of pressure drops, while the second is based on the heat balance of the
inside and outside of the tube. The heat transfer coefficient for the two-phase forced
convection with evaporation is calculated using the Pierre correlation [4.13]. On the air
side, the Briggs and Young correlation is adopted. When dehumidification is concerned, the
Lewis number is chosen to 1. The effect of frost thickness is also taken into account. For
the pressure drop in the two-phase flow with evaporation, the Pierre correlation [3.14] is
used.

The verification of the model has been conducted against the laboratory test data from three
heat pump systems. The maximumdiscrepancy of the model was found to be 3.4% for capacity and
5.5% for coefficient of performance.

Van der Meer [4.1] studied a dry expansion evaporator accompanied with a thermostatic
expansion valve. He divided the evaporator into 3 zones ( 1 evaporation zone and 2 superheat
zones). The reason to split the superheat region into 2 zones was because the modelled
evaporator is of an "E-flow" type as shown in Fig. 4-1. The Dembi correlation [4.15] was
integrated to obtain an average form for calculating the two-phase flow heat transfer
coefficient. The Brauer correlation [4.16] was used to calculate the two-phase flow pressure
drop. On the air side, the Kutateladze correlation [4.17] was adopted for calculating the
heat transfer cocfficient. However no dehumidification was considered. The model was
validated with the experimental data.



4.3 The three-zone steady-state evaporator model

In the previous section, three types of models for dry expansion evaporator have been
reviewed. The models made by Conde, Domanski are distributed and complex, while the model of
van der Meer is lumped and simple but relatively flexible as compared to two-zone models. As
our original purpose of the steady-state modelling was to determine initial values for
dynamic simulations, it was intended to develop a simple and economical evaporator model.
Moreover, the model of van der Meer was available at the author's laboratory. Considering
the continuity between the projects at the laboratory, it was decided to use and modify van
der Meer's model for the evaporator.
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counter-cross flow parallel-cross flow "E-flow"

Fig. 4-1 Three types of circuiting methods and their temperature profiles.

As pointed out in chapter 2, dry expansion evaporators are often manufactured in various
circuiting ways. However, the following three types are the most encountered: 1. counter-
cross flow, 2. parallel-cross flow, 3. "E-flow". Fig. 4-1 gives the diagrams of these three
types of circuiting methods and their temperature profiles. Below it will be found that if
the three-zone division is applied, the modelling of the three types can be identified.
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Let us first consider the most complicated situation —— "E-flow" (see Fig. 4-2). The
evaporator can be split into two regions: evaporation region (two-phase flow) and superheat
region (single-phase flow), according to the refrigerant flow patterns. However since the
superheat region has pipes returning back to the front of the evaporator, it is necessary to
divide it further into two zones. Therefore the whole evaporator is finally divided into
three zones. Such a division of the evaporator enhances the flexibility of the model. For
example, in the case of a counter-cross flow, superheat zone 1 is just set to be zero without
modifying the model itself. While, in the case of a parallel-cross flow, superheat zone 2 is

just zero.

4l ey
S -
air flow —— —
/ 2
superheat zone 2 2 superheat zone 1

=
o

@ K higszes
2
5

evaporation zone

Fig. 4-2 Zone division of an "E-flow" evaporator.

4.3.1 Assumptions

Lumped modelling is in fact an assumed description of reality. The integration of distributed
parameters into lumped ones needs some reasonable assumptions to simplify the problems. To
develop a three-zone steady-state model for the evaporator, the following postulations are
necessary:

1) the temperature differences between the air and pipe wall, pipe wall and refrigerant
are logarithmic in each of the three zones (see Fig. 4-3);

2) the heat resistance in the radial direction of the pipe wall is neglected, because
of the small thickness and large conductivity of the pipe wall;

3) no frost-formation takes place on the outside surface of the evaporator. However,
dehumification may occur in the zone where the pipe wall temperature is below the dew

67



point of the wet air. This assumption is made because of the large uncertainty of the
thermal properties of frost layers, such as heat conductivity;

4) The air is equally distributed over the total free-flow area of the evaporator
5) The refrigerant is equally distributed to each parallel circuit. Thus, attention will
be paid only to one circuit. About uneven distribution situations, [4.1] can be
consulted.
superheat zone 2 evaporalion zone superheat zone 1
Tai,s2

Tpwi,s2

Fig.4-3

Tri,s2

\ Tao,s2 (Tai,e)

/\Tao.e (Tai,s1)
\Tao‘m

Tpwo.e Tpwo,s1

Tro,e (Tri,s1)

Temperature profiles in the three zones of the "E-flow” evaporator.

4.3.2 Conservation equations

As described above, the dry expansion evaporator is divided into three zones. Each of the
zones consists of three basic elements: refrigerant, pipe wall, air (see Fig. 4-4). The
conservation equations can be therefore set up for every basic element. In principle, the
conservation equations include energy-, momentum- and mass-balance equations. However, the
momentum- and mass-balance equations can be substituted by the correlations for pressure
drops and the consideration of equal mass flow rate throughout the system for both the
refrigerant and air. Thus the conservation equations in this section only involve the energy
balance equations (except the moisture balance equation for the wet air). As the three zones
have the same form of conservation equations, one of them is just considered below. The heat
transfer coefficient and pressure drop correlations used in the equations will be described
in chapter 6.
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Fig. 4-4 Basic elements in one zone: refrigerant, pipe wall and air.

Energy balance for the refrigerant:

If neglecting the kinetic and potential energy, the heat transferred from the pipe wall to
the refrigerant must be equal to the enthalpy increase of the refrigerant over the concerned
zone.

andLAT =m¢( -h) 4.1
r r T

pw,r 0 ri

where (see [4.18])

(T -T )-(T -T)
pwi___ri pwo_ro
AT = 4.2
pwr In[(T - T)AT -T )] 42
pwi ri" pwo o
o DT +oadT
a.s al r r
. _ 3
I‘pwi o D+ad @.3)
a.s r

Energy- and moisture-balance for the air:

The transport phenomenon between the wet air and the pipe wall involves two aspects: sensible
heat transfer and water vapour condensation or evaporation. The moisture transfer due to
water vapour condensation or evaporation on the outside surface of the evaporator also makes
a contribution to the heat transfer which is called latent heat. To be convenient, enthalpy
differences are usually used to calculate the total heat transfer (sensible heat plus latent
heat).
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Total energy balance equation:

(A

@ (A +n_A )Ah =m(h -h) (4.4)
at pipe fin fin a,pw a ao

at
where

(h -h )-t -h )
at Dwi ao

pwo

b ow In((h - h Yt -h )]
ai pwi’ a0 p

wo

4.5)

hpwi and hpwo are calculated based on the corresponding pipe wall temperature and relative
humidity of 100 %, if the pipe wall temperature is below the dew point of the air. The air
enthalpy is defined as:

h=c 6+c wo +yw (4.6)
a paa pw aa a

Sensible energy balance equation:

« (A +n_A )AT =mc (T -T) @.7)
a,s pipe fin fin a ap ao ai

where

(T -T )-(T -T )
ai

AT _ bwi ao pwo
apw In[(T - T T -T )]
ai pwi© a0 pwo

(4.8)

Energy balance for the pipe wall:

Because there is no energy accumulation in the pipe wall in steady-state situations, the
summation of the heat transfer from the air, refrigerant and the adjacent pipe walls must be
ZEero:

andi(T-T )+a (A +n_A _)Yh-h )+Q +Q =0 4.9
r r pw at pipe fin fin a pw pw,l T pw,2

where Qpw,1 and Qpw,2 are calculated according to the method given in [4.1] as follows:

Q =cL Si(T -T) (4.10)
pw,1 leak pw,l  pw
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where ¢ is an empirical constant; Lieak is the effective heat leakage length between the
concerned two zones (the calculation of Lleak can be found on page 86 of [4.1]); S: is
calculated in chapter 6. The calculation of Qpw.2 is similar to that of Qpw. /.

4.3.3 Closure of the equations

It can be found above that each of the three zones has four basic equations: (4.1), (4.4),
4.7), (4.9). Thercfore the evaporator system totally includes 3x4 equations which can only
solve 12 unknown variables. However, there are 13 unknown variable to be determined which arc
Trie, Trosi, Tros2, Le, Tpwoe, Tpwosi, Tpwosz, Taoe, Taosi, Taos2, waoe, Wwao,si,
wao,s2. In order to make the set of equations closed, the models of the other components are
necessary. In our case, the TEV model is put in use for the purpose. The interactions between
the TEV and evaporator models are described in section 4.5.

4.3.4 Implementation of the evaporator model
Input and output description

To facilitate the computer programming procedures, it is important to define the input and
output of every zone clearly before writing programmes. Fig. 4-5 gives a detailed description
of the input and output of the three zones and their inter-relations.

Logic of solution

As the steady-state equations derived in 4.3.2 are implicit, the solution of them requires
several iterative processes at different levels.

Iterative level 1

Fig. 4-6 shows the flow diagram of the first level iteration. As the length of the
evaporation zone is not known, starting a computation from any of the superheat zones is
inappropriate. Therefore we chose the evaporation zone as the starting point. However, the
air temperature and humidity at the inlet of the evaporation zone are not known, because the
air firstly passes the second superheat zone. To solve the problem, assumption has to be made
for the air temperature and humidity at the very beginning. With the assumed values, the
three zones can be sequentially computed. The output air temperature and humidity of the
second superheat zone are in turn used to compare the assumed values. If they are not in
agreement, the iteration is continued until the required accuracy is reached.
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refrigerant mass flow rate through the evaporator (output from the Compressor model);
air inlet temperature of the evaporation zone, or

air outlet temperature of superheat zone 2;

air inlet absolute humidity of the evaporation zone, or

air outlet absolute humidity of superheat zone 2;

pipe wall temperature of superheat zone 2;

refrigerant outlet pressure of the evaporation zone, or

refrigerant inlet pressure of superheat zone 1;

pipe wall temperature of superheat zone 1;

refrigerant inlet temperature of the evaporation zone (output of the evaporator model);
air outlet temperature of the evaporation zone, or

air inlet temperature of superheat zone 1;

air outlet absolute humidity of the evaporation zone, or

air inlet absolute humidity of supcrheat zone 1;

pipe wall tcmperature of the evaporation zone;

length of the evaporation zone;

air outlet temperature of superheat zone 1;

air inlet absolute humidity of superhcat zone 1;

refrigerant outlet pressure of superheat zone 2 (output of the TEV model);
air inlet temperature of superheat zone 2 (input parameter);

air inlct absolute humidity of superheat zone 2 (input parameter);

air mass flow rate through the evaporator;
refrigerant outlet pressure of superheat zone 1, or
refrigerant inlet pressure of superheat zone 2.
refrigerant outlet temperature of superheat zone 1, or
refrigerant inlet temperature of superheat zone 2.

Input and output for the three zones of the evaporator.
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assume: Tai,e
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!

calculation for
evaporation zone

!

calculation for iterative level 2 iterative level 1
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superheat zone 1 adjust: Trie waie
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calculation for
superheat zone 2

Pro,s2 = Pro,s2 real

yes

Taie = Tao,s2 no
wai,e = wao,s2

yes ‘

iterative level 3

Fig. 4-6 Flow diagram of the first and second level iterations.

Iterative level 2

Because the refrigerant inlet temperature of the evaporation zone is also unknown, the second
level iteration is required to determine it, as shown in Fig. 4-6. The refrigerant outlet
pressure of superheat zone 2, which is output from the TEV model, is used as the checked
value in this iteration.

Iterative level 3

Besides the first and second iterative levels, each of the three zones has to undergo an
iteration at the third level for calculating its pipe wall temperature. Because the inside
and outside heat transfer coefficients are dependent on the pipe wall temperature, assumption
for the pipe wall temperature is necessary. The energy balance for the pipe wall forms the
checking criterion of this iteration. Fig. 4-7 is the flow diagram of the third level
iteration.
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Fig. 4-7 Flow diagram of the third level iteration.
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Fig. 4-8 Flow diagram of the fourth level iteration.

Iterative level 4
Due to the dependency of the heat transfer coefficients and pressure drop upon the average

refrigerant temperature and pressure in the concerned zone, the fourth level iteration is
needed. In principle, this iteration could be combined with the third level iteration.

74




However, it has been found that one iteration for more unknown variables often leads to a
divergence. Thus it is decided to separate them, although such a method requires more
computational times. In contrast to the two superheat zones, for the evaporation zone, an
extra parameter Le is calculated in this iteration. Fig. 4-8 is the flow chart of the fourth
level iteration.

4.4 The two-zone steady-state condenser model

The shell-and-tube condenser has a characteristic that there exists a clear boundary between
the superheated vapour and subcooled liquid. If the inlet mass flow rate of the refrigerant
is high enough to make the entering hot vapour well mixed with the rest in the shell, a 2-
zone model is very suitable for the bath-type condenser. This modelling strategy has been
clearly described in chapter 3 where the dynamic modelling of the condenser was dealt with.
Because the zone or element divisions on both the refrigerant side and water side for the
steady-state modelling is the same as thosc for the dynamic modelling, hereafter more
attention will be paid to the iteration processes for solving the conservation equations. The
details about the zone divisions can be found in section 3.3.

On the basis of the modelling strategy, the conservation principles can be applied to build
up a mathematical model. Similar to the treatment to the evaporator, some assumptions are
necessary to facilitate the derivation of equations.

4.4.1 Assumptions

1) the vapour in the condensation zone is perfectly mixed so that its thermodynamic
state is able to be expressed by a temperature Tmv and a pressure Pmv or the
condensation temperature Tc which is the corresponding saturated temperature of Pmy:

2) the heat resistance in the radial direction of the tubes is neglected;

3) de-superheating, condensation and subcooling may take place simultaneously on the
outside surface of the tubes. The liquid droplets from the tubes do not have any heat
exchange with their surrounding vapour;

4) pressure drops at the inlet, outlet and inside of the condenser shell are all
neglected;
5) the heat transfer between the mixing vapour and subcooled liquid is neglected.

4.4.2 Conservation equations

Energy balance for the mixing vapour:

mh -mh -Q =( (4.11)

rorin r rvicon rsh2  hou

~J
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Energy balance for the liquid film:

N
Prvcon T film Qo t=10V:ub+1 Quber” (4.12)
where hrfilm is calculated according the Henrici correlation (see section 3.4.2).
Energy balance for the subcooled liquid:
v film mh o Lo ;{:b ubej (@.13)
Energy balance for the pipe wall:
Qupe; U =0 (4.14)
Energy balance for the cooling water:
mw( hw,inJ- hw,outj) + QwJ =0 (4.15)
Energy balance for the shell:
-Q =0 (4.16)

r,sh shatm -
The heat transfer terms involved in the above conservation equations are all calculated in
chapter 3. The concerned heat transfer coefficients will be specially introduced in chapter 6
and the heat transfer areas will be calculated in Appendix 3. The refrigerant mass flow rate
results from the compressor model which will be described in Appendix 1.
4.4.3 Closure of the equations
Above, 6 equations have been derived based on the energy conservation principle. They are
4.11), (4.12), ...... , (4.16) which compose the whole condenser system and determine 6
unknown variables: Trmv, Tr.con (or Pr.mv), Tr.sub, Tubej, Twj, Tsh. Solution of the set
of algebraic equations needs iterations which will be described below.

4.4.4 Implementation of the condenser model

Input and output description
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Tr,in
Tsh2
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Tr.sub
Tr.con
Tr,mv

Tr film
Tw,out tot
Tshi
Ttube,sub
Tamhb
Tw,con
Tw,sub
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sheli 1 cond. zone tube wall water
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refrigerant mass flow rate (output from the compressor model);
inlet refrigerant temperature of the condenser (output from the compressor model);
temperature of the upper part of the shell;

temperature of the tube wall in the condensation zone,
temperature of the subcooled refrigerant liquid;

condcnsation temperature;

temperature of the mixing refrigerant vapour,

temperature of the liquid film;

outlet water temperature of the last pass;

temperature of the lower part of the shell;

temperaturce of the tube wall in the subcooling zone;

ambient temperature;

water tempcerature of the passes in the condensation zone;
waler temperature of the passes in the subcooling zone;

outlet water temperature of the last pass in the subcooling zonc;
inlct water temperature of the first pass;

waler mass {low rate through the condenser.

Input and output of the elements in the condenser system.
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Fig. 49 gives a detailed description of the input and output of every element of the
condenser system.

Logic of solution

The output of each element is calculated by solving the concerned equations based on the
input. From Fig. 4-9 it can be found that one's input may be another's output. The input-
output interactions among the elements make the calculation rather complicated. Therefore it
is better to divide the iterative processes into several levels in which different unknown
variables are calculated.

Iterative level 1

!

assume: Tr,sub

!

calculate: Tr,con
Tr,mv, Prmv

!

calculate: Tr,sub,new adjust: Tr,sub

Tr,sub = Tr,sub,new

yes

iterative level 2

Fig. 4-10 Flow diagram of the first level iteration for the condenser model.

The first level iteration is aimed at solving for Tr.sub. The refrigerant enters at the top
of the condenser and the water does at the bottom. Assumption for Trsub is necessary to
start the calculation from the bottom. As soon as the other unknowns are worked out with the
assumed Tr.sub, equation (4.13) can be used to determine a new Tr,sub. An iteration is then
needed to ensure the new value of Trsub is equal to the old value. Fig. 4-10 is the flow
diagram of the first level iteration.

Iterative level 2

The second level iteration is to solve for Trcon. In equation (4.12), the heat transfer
coefficient of condensation depends on Tr.con. Direct solution for Tr.con is then impossible.
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Fig. 4-11 Flow diagram of the second level iteration in the condenser model.
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Fig. 4-12 Flow diagram of the third level iteration in the condenser model.




Thus an extra iteration is needed. Besides, a do-loop is required to repeat the calculation
for all the tube elements. Fig. 4-11 is the flow diagram. Together with Trcon, Trmv,
Tr film, and Tsh are also obtained from this iterative level.

Iterative level 3

Fig. 4-12 is the flow diagram of the third level iteration which is intended to calculate
Twbej. The reason of this iteration is because the inside and outside heat transfer
coefficients are also the functions of the tube wall temperature. Depending on the liquid
level, a tube element may be in the condensation zone or in the subcooling zone. Thus at the
beginning of the iteration, a position check should be made by comparing the height of the
tube element with the liquid level. If a certain element is transected by the liquid level,
two tube wall temperatures are assumed for the part sunk in the liquid and the part in the
vapour. The heat conduction between the two parts is neglected.

4.5 Coupling of the component models

By so far, the steady-state models of the evaporator and condenser have been described. As
mentioned before, because the TEV model has been developed by van der Meer [4.1] and the
compressor model is simple and experimentally obtained, they are all introduced in the
appendices. Herein, only the coupling of them with the evaporator and condenser models are
described so that a cyclic simulation becomes possible. Besides the components, the
connection lines between the components should be taken into account. However, as the
connection lines are too complicated and changeable according installation requirements, we
decided to use two simple equations to represent each of the connection lines. These two
equations account for the pressure drops and heat transfer taking place on the connection
lines. Nevertheless, experiments are needed to determine the empirical constants in the two
equations. The details about this problem can be found in chapters 6 and 7.

For sake of simplicity, every component or connection line is represented by a black box with
specific input and output hereafter. In such a way, a module-type computer program can be
made. If necessary in the future, more components can be easily added to the system without
changing the contents of other component models.

4.5.1 Input and output description
Fig. 4-13 shows the input and output as well as their relations of all the components in the
refrigerating machine system. There are 8 modules connected with each other. The input and

output of the refrigerating machine are also identified, which form an interface with the
refrigerated room model to be introduced in chapter 5.
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suction temperature of the compressor;
suction pressure of the compressor;
discharge pressure of the compressor;

refrigerant mass flow rate through the system;
discharge temperature of the compressor;
shaft power of the compressor;

condensation pressurc;

refrigerant temperature at the inlet of the condenser;
refrigerant temperature at the outlet of the condenser;
water temperaturc at the outlet of the condenser;
water temperature at the inlet of the condenser;

watcr mass flow ratc of the condenser;

refrigerant pressure at the inlet of the TEV;
refrigerant temperature at the inlet of the TEV;
refrigerant temperature at the outlet of the evaporator;
refrigerant pressure at the outlet of the TEV;
refrigerant pressure at the inlet of the evaporator;
refrigerant pressurc at the outlet of the cvaporator;

air mass flow rate through the cvaporator;

air temperature at the inlet of the evaporator;

air absolute humidity at the inlet of the cvaporator;
air temperature at the outlet of the evaporator;

air absolute humidity at the outlet of the evaporator;
refrigeration capacity;

screw position of the TEV,

rotational speed of the compressor.

Input and output of the components in the refrigeration system.

26 f¢—0
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4.5.2 The cyclic computation

To be clear, the cyclic computation is designed to follow the thermodynamic cycle of the
refrigerating system as shown in Fig. 4-14. Because fewer input parameters are required by
the compressor model, the computation is started from the compressor model with assuming the
following input parameters:

Tsuc: suction temperature at the inlet of the compressor
Psuc: suction pressure at the inlet of the compressor
Pdis: discharge pressure at the outlet of the compressor

Moreover, at the very beginning of a cyclic computation, two input parameters for the TEV
model are also required:

Tro,tev: refrigerant temperature at the outlet of the TEV
Troevap:  refrigerant temperature at the outlet of the evaporator

@
=t
@
@
aQ
(3) condenser @
/ A
> &
w g
© S
S
| evaporator
@ / (1) start point
enthal?y
Fig.4-14 Thermodynamic cycle of a vapour compression refrigeration system.
After a computational cycle: compressor —— discharge line —— condenser — liquid line
—  TEV —— distribution line —— evaporator —— suction line, new values of the five initial

input parameters can be obtained. Comparison between the old and new values results in a
decision whether or not the computation is stopped. If the old and new values are not close
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to each other, the old values are replaced by the new values and the same computational cycle
is repeated. Fig. 4-15 is the flow diagram of the cyclic computation.

The steady-state model of the refrigerating machine has been validated by using the
laboratory test data. The details about the experiments and test results will be given in

chapter 7.

begin

|

assume initial values:
Psuc, Tsuc, Pdis,
Tro,tev, Tro,evap

call: compressor model

!

call: condenser model

old initial values

call: TEV model replaced
by new initial values

call: evaporator model

Initial Values:
Old = New

yes
stop

Fig.4-15 Flow diagram of the cyclic compuration.
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Chapter
FIVE
Modelling of the Refrigerated Room

5.1 General

In the previous chapters, the modelling of the refrigerating machine has been accomplished.
The task of this chapter is to model another part of the system: the refrigerated room.
Following the same procedures as adopted in modelling the machine, this chapter also involves
literature review, modelling strategies, derivation of governing ecquations, solution of
equations.

A refrigerated room is an abstract concept which is defined as a confined space with air
flowing inside, with objects producing heat and moisture, with cooling units refrigerating,
with heat or mass transferred through walls or doorways. Generally speaking, a refrigerated
room can be a cold storage warehouse, a refrigerated container, a refrigerated display
cabinet, or even an air conditioned room. Fig. 5-1 is a two-dimensional schematic diagram of
a refrigerated room.

Basically, the phenomenon taking place in a refrigerated room can be classified into three
types: momentum transport, heat transport, mass transport. The three modes of transport are
represented by three physical parameters: velocity, temperature, concentration. The aim of
mathematical modelling is then the prediction of the behaviour of these three parameters in
the room. If a model is static, the prediction is merely in a spatial domain. If a model is
dynamic, the prediction is however in both spatial and time domains.

Mathematical modelling for the prediction of air motion and thermal behaviour in rooms is
well established in air conditioning. However, in the field of cold storage, modelling of
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refrigerated space is not widespread and is generally still in the development stage. This is
not surprising from the point of view of a model maker. The mathematical description of an
office or living room is that of an almost empty room with few obstacles to air motion; these
rooms can be described by control volumes of a rather simple shape. However, a cold store, a
refrigerated container or a truck is filled almost completely with produce, often on pallets
or in boxes. The remaining air space has a complicated shape, leading to complicated and time
consuming mathematical simulation models. In addition, in the case of refrigerated storage of
living produce, such as apples or pears, the definition of two climates is required: the
macro-climate (in the air space between the boxes) and the micro-climate (around the produce
in the boxes). The products themselves in the micro-climate are also difficult to be
modelled, because they are not bulks of continuous solid but small ball-like "particles”. A
micro analysis to every single "particle” seems to apply the second Newton law to a single
molecule in fluid mechanics. All these problems have not yet been solved until now, which can
be clearly seen from the following literature review.

Insulating Wall

auu|
T
T
7

H{ Air Cooler ~———= Circulating Air

DOO
o000
oYaYaYe!

Product

Ll

Fig.5-1 Two-dimensional schematic diagram of a refrigerated room.

5.2 Literature

Only a few models relating to refrigeration storage have appeared to date, and most of these
still have limitations because of the assumptions adopted in developing the models, and most
are steady-state models. For example, van der Ree et al [5.1] developed a computer program
based on the finite element method for the prediction of temperature distributions in loaded
refrigerated rooms. Heat transmission in the load was considered to be non-steady-state and
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spatially distributed. The model for the air flow was simplified and did not account for
momentum. Water vapour transport was also neglected.

Marshall and James | 5.2] modelled a quick freezing tunnel. The refrigerated space was divided
into several sub-spaces or zones, each considered as a homogeneous model. The application of
the elementary laws of conservation of mass and of energy gives a comfortable small number of
cquations for non-steady-state thermal behaviour. By connecting the zoncs in series, the
model is basically one-dimensional.

Cleland [5.3] developed a lumped dynamic model for refrigerated stores. The model accounted
for variable heat load conditions. Heat and moisturc transport processes were all taken into
account. The products stored in the cold store were described just with an ordinary
differential equation with respect to time. The simulation could have applications in both
refrigeration system and control system design. It now forms part of the commercial RADS
package.

Van Gerwen and Qort [5.4] applied the advanced PHOENICS simulation package for the
simultaneous, interactive solution of the three-dimensional momentum equations and the energy
equation for a large number of nodal points in a refrigerated room. This gives a prediction
of the velocity and temperature distributions. The required calculation times are high and so
are the costs, and the work has so far been limited to steady-state conditions.

From the work having been done by the precedent investigators, we find a main problem is all
still not solved, that is a combination between the simulations of air flow patterns in
refrigerated spaces and the modelling of non-steady-state behaviour with accounting for the
spatial distributions of parameters. No on¢ of the authors mentioned above seems to have
dealt with the two problems simultancously. Therefore, further investigations in these
aspects are still necessary and more advanced modelling techniques are needed.

5.3 Modelling strategies

5.3.1 Solutions to reduce the long computational time

As described before, our purpose is to develop a dynamic as well as distributed model for the
refrigerated room. The model is hoped to be useful in optimizing the refrigerated room and
simulating long-term non-steady-state operations. However, long computational times are not
practical if many runs have to be made with changing input variables to optimize the system.
The experience of van Gerwen and Qort tells us that even a steady-state simulation, by
solving the governing equations interactively, requires extremely long computational time. If
we follow their approach to carry out dynamic simulations, the computational times would not
be allowed, at least under the present circumstance of computer science. Hence, in order to
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develop a model practically workable, solutions have to be found to reduce the long
computational time.

In this work, two elements are introduced to reduce the long computational time: de-coupling
of the governing equations, and linearization of the energy equation.

Let us first look at the possibility of de-coupling the governing equations in a refrigerated
room. The basic equations governing the transport phenomenon in the refrigerated room are the
continuity, momentum (or Navier-Stokes), energy, diffusion equations. Strictly speaking,
these equations are a set of coupled non-linear partial differential equations, which should
be simultaneously and interactively solved. However, carefully studying the equations we can
find that the effect of heat and mass transport on momentum transport is only the buoyancy
force caused by temperature gradients. Thus, if the real situations can allow to neglect this
effect, the momentum equations can be de-coupled from the energy and diffusion equations.
Then the interactive solution of all the governing equations is not necessary.

In the case of a refrigerated room in which the air flow is mainly dominated by the forced
convection caused by the fans assembled on the air coolers, such a possibility may exists.
Different from air conditioned rooms where the air velocity is rather low in order to keep a
certain comfort for human being, the refrigerated room is normally supplied with high air
circulation by using rather powerful fans in order to keep an even distributed indoor climate
and to prevent the stored products from deteriorating. The high air velocity due to forced
convection often suppresses that due to free convection. Thus the buoyancy force term in the
equations governing the momentum transport in the refrigerated room is able to be neglected.
The air flow pattern in the refrigerated room is then independent of temperature. This
assumption makes the problem much simpler, because the two transport phenomena can be treated
separately. Hence the modelling of the refrigerated room can be carried out in two steps. The
first step is to model the flow pattern without considering any heat and mass transfer. As
long as the fans blowing the air work at a constant speed, the air flow pattern can be
recognized as independent of time. The second step is to model the heat and mass transport
based on the predicted flow pattern, which is now sequential and is not interactive with the
first step. Such a strategy can strongly reduce the computational time in the case of dynamic
simulation, because the non-linear momentum equations only need to be solved once during the
simulation. On the other hand, the transport equations for heat and mass can be linearized
using reasonable modelling assumptions, and can then be solved without iteration for every
time step. This also saves computational time dramatically. Fig. 5-2 indicates the relation
between the two modes of transport. The criterion for de-coupling the forced and free
convections will be given in section 5.6.

In spite of this, it is still a difficult task to solve the non-linear three-dimensional

momentum equations. Much research has been carried out in this area and some standard
computer software packages have been released. After a thorough investigation of the
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possibilities of simple methods [5.5], it was decided to make use of an available,
comprehensive program to fulfill the first step of the modelling. However, comprehensive
packages for the prediction of air flow patterns are not generally designed for cold storage
rooms in which the model for air space is to be coupled with the models of living products
such as fruit and of insulating walls. These tasks can nevertheless be performed in the
second step.

. Dependent Heat and Mass
Air Flow Pattern Transport
Independent
Steady-State A Dynamic
Time Time
Fig. 5-2 Relationship between the flow pattern and the heat and mass transport in the

refrigerated room.

5.3.2 Lumped model versus distributed model

The choice of a lumped or distributed model is very decisive in saving computation times and
obtaining reliable and useful results. Generally speaking, lumped models (zero-dimension) are
the simplest and also the roughest. For the purpose of finding global values of time
constants of a refrigerated room, this type of models could be employed (see [5.6]). However,
in the case of refrigerated storage, specially where large cold stores are concerned, lumped
models are not accurate enough. In a cold store, where the air motion is caused by the fans
and the room itself is vsually filled with products, the assumption of perfect air mixing in
certain parts or 'lumps’ of the room is far from reality. This fact makes the distributed
model necessary, which should be in three-dimensions.

5.3.3 Steady-state model versus dynamic model

Dynamic simulation is interesting in studying the influence of variable heat load conditions
on the performance of the refrigerating machine and the behaviour of the products. A
refrigerated room is always under variable conditions. Not only the weather changes but also
loading and unloading processes can make the behaviour of the room dependent on time. This in
turn makes the load conditions of the refrigerating machine variable. When the complete
system is considered, the dynamic behaviour of the room is essential for studying the
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influence of variable load conditions on the performance of the refrigerating machine and its
capacity control. On the other hand, the long-term simulation of the dynamic behaviour of the
room can show the energy consumption variation of the system. The result can be used by
operators to decide when and how products must be loaded. However, because of the different
thermal capacities possessed by the elements in the refrigerated room, the dynamic behaviour
of the elements are considerably different. For example, the air in the macro-climate and
micro-climate has much quicker behaviour than the walls and products. In order to ensure a
reasonable integration time step, the air can be considered as a thermally instantaneous
element. Such a treatment does not essentially decrease the quality of the model and however
can help save computation time.

5.4 Modelling the air flow

5.4.1 Basic equations

As pointed out above, the modelling of the refrigerated room is divided into two steps. This
section describes the first step to model the air flow in the room. As natural convection is
neglected and the air flow is assumed to be steady-state and incompressible, the air flow in
the room is governed by the continuity and momentum equations accompanied by the turbulence
model, which take the following form (see [5.7]). Note that the parameters which are not
distinguished by a subscript all refer to the case of air.

Continuity equation:

div(V)=0 (5.1)

Momentum equation:

oP
div [pVVl. - (u+u‘)grad(Vi)] = ox. (5.2)
i
k-¢ turbulence model:
k-e- " relation:
2
u=Copk/e (5.3)
r p

Equation for turbulent kinetic energy:
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d' J - & = S )
iv(pVk Fkreﬂ,grdd(k)) Sk (5.4)

where
= 5
Fkyeff (u+u,)/6k (5.5)
33 aV oV av
_ —i _.....L i
Sk—?: 2 { “1( o ) } pe (5.6)
L =1y =1 7]

Equation for turbulent energy dissipation rate:

div(pVe - T grad(e)) =8 (5.7)
e.eff €
where
r = .
coff (u+u[)/c£ (5.8)
33 e adV, av E)V 82
SE-—E = {Cui(g 9x ) } Czp; (5-9)
t=1j =1 j
where C = 0.09; S, = 1.0, 06 =13 C 1.44 from equilibrium wall layers; C = 1.92 from
n €

decay of grid turbulence (see [5.8]).

Equations (5.1) — (5.9) completely depict the air flow phenomenon without natural
convection.

5.4.2 Boundary conditions

Given the necessary boundary conditions for the refrigerated room, the numerical solution of
equations (5.1) — (5.9) will be the mathematical simulation of the flow pattern in the room.
However, to obtain the numerical solution is not easy. Fortunately, as numerical
computational fluid mechanics develops, some standard software packages developed for the
solution of the Navier-Stokes equations have been produced. One of the most commonly used
packages is PHOENICS developed by CHAM Ltd, UK. With this computer software, it is not
necessary to tackle the numerical analysis of the equations themselves. The only task of
users of the software is to define their own specified boundary conditions. Two types of
boundary conditions involved in the refrigerated room are discussed in the next section.
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Boundary conditions along the fans on the air cooler:

b

el N
I\ _/ propeller fan

velocity distribution

Fig.5-3 Boundary condition along the fan on the air cooler.

The function of the fans on the air cooler is to maintain a certain volume flow of air
through the air cooler. However, from a physical point of view, the action of the fans on the
air is to add a certain amount of momentum to the air in the axial direction of the fans. The

added momentum flux is defined as sz. The downstream-air velocity distribution of the
propeller fan can be of any chosen distribution, but is assumed to be even in this case (see
Fig. 5-3). Besides the added momentum flux, the stirring action of the fans also causes some
enhancement of the turbulence energy k and the dissipation rate of turbulence energy €. As no
k and e values for air cooler fans have been found in the literature, the following
correlations for free jets given in [5.9] are used for the time being. However, experiments
are needed to check these values, which will be described in chapter 7.

k and e values for free jets (see [5.9]):

k =002V ¢ =0.0016 V'/H (5.10)
0 0 0 0" fa

n

Therefore, the boundary conditions along a fan can be defined as a kind of fixed fluxes (see
[5.10D.

Flux of momentum: A=p Vo Vo (5.11a)

Flux of k: A=p Vo ko (5.11b)
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Flux of €: Q:pVO 80 (5.11¢)

Boundary conditions along the walls:

As very little air can flow through the boxes containing the products, the air flow model in
the macro-climate assumes the boxes to be unpenatrated blocks. Thus the boundary conditions
around the boxes and along the room walls can be generalised as the boundary condition along
a plate (see Fig. 5-4).

150. |

Y
20. |

TT7777 777 77777777777 777777

Fig. 54 Boundary condition along a plate. A logarithmic velocity profile is assumed

with y+ between 20 and 150.

V =0 (5.
y

(]
—
()
—

Because the computer program does not solve the full partial differential equations in a
fine-grid region close to a wall, the logarithmic velocity profile for V. and V is deduced
X 4

from the boundary layer theory (see [5.11]).

1
V+:;ln(y+)+c (5.13a)

where x =0.435; ¢ =5.05

+ 0.5 .
y =yp(t /o) n (5.13b)



v* =V/(rs/p)0'5 (5.13¢)

T =tpV (5.13d)

The wall friction factor & is deduced from the logarithmic law

0.435
6=t In(1.01 +9. 0 Re 50'5) ! (5.14)
The k and ¢ values at the near-wall cells are calculated as follows
k=1 /[pC"7 (5.15)
s '8
£=C K () (5.16)
n

(5.13) is called wall function in PHOENICS. To ensure the validity of the approximation by

the wall function, it is required that y+ must be between 20 and 150. This means that the
grids near to the walls should be fine enough.

5.4.3 Solution of the equations with the aid of PHOENICS

Although the governing equations for the air flow pattern have been derived above, the
solution of them is not easy at all, because they are non-linear partial differential
equations. In the past years, a lot of research in the field of fluid mechanics has been
carried out with the purpose to develop standard computer software which can be applied in
other fields without necessarily knowing details about the numerical procedures of the
solution. Some packages have already been released in the 1980's. The most famous are
PHOENICS, FLUENT, FLOW3D, FIDAP and so on. Inthe Netherlands, PHOENICS is the most
commonly used for engineering purposes. Hereafter we will give a brief description of
PHOENICS, which includes the numerical method, the program structure, the treatment of
boundary conditions.
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5.4.3.1 Numerical method of PHOENICS

The numerical method employed by PHOENICS is the finite control volume method. the
numerical solution consists of two procedures: 1) integrating the partial differential
equations over the finite control volume of a computational cell and (for transient problems)
over a finite time; 2) solving a set of non-linear algebraic equations resulting from the
first procedure.

The integration of (5.2), (5.4), (5.7) can result in a set of algebraic equations with the
following form

a +a + a +a +a +a +8S
E¢E Wq)W N¢N .9¢S L¢L II(DI[
¢ = (5.17)
P a + a + a4 +a +a +a
E w N N L H

where ¢ stands for the unknown variable in question, that can be V , V |V, k or ¢; the
x y z

subscripts P, E, W, N, §, L, Il denote the locations at which this variable is computed, in
accordance with the east-west-north-south-low-high convention indicated in Fig. 5-5. It has
to be pointed out that PHOENICS uses a "staggered grid" convention (the control volume with
dashed lines in Fig. 5-5) for computing the values of velocity. Thus, for a single cell with
four of its neighbours being shown in plane view, the west-to-east velocities are located on
walls ¢ and w of the cell; and south-to-north velocities are on walls s and n of the cell.
However, the formulation of the discretization equation for the momentum equations is the

same as Eq. (5.17).
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Fig.5-5 A cell with its four neighours in the so-called 'staggered’ grid for air (the

high and low neigbours are omitted).



The real difficulty in the solution of (5.17) lies in the unknown pressure field. The
pressure gradient is included in the source term S of (5.17), when the momentum equation is
concermned. However, the pressure field is indirectly specified via the continuity equation
(5.1). In PHOENICS a so-called pressure correction method proposed by Patankar [5.12] is
applied to formulate the continuity equation into a discretization equation for pressure.

*
According to Patankar, the correct pressure field P is equal to a guessed pressure field P
plus a correction term P' called pressure correction

P=P +P (5.18)

Corresponding to the pressure field, the correct velocity are also expressed by an imperfect

*
field V plus a velocity correction V', that is,

V=V +V' (5.19)

With some assumptions and mathematical manipulations (see [5.12]), the following correlations
can be derived

A A
1_—€ 't 1 v=—w‘ L ]
V=" (P P) vi=y (P, P) (5.20)
w
A A
’_—!’- 1_ 1 '=—£ I_ 1
Vn—a (PP PN) Vs a (PP Ps) (5:21)
N S
A A
V=" (P,-P ) Vh=aH(PP-PH) (5.22)

These correlations are called velocity-correction formulas. If the velocity-formulas are
substituted into the continuity equation (5.1), the following discretization equation for P'
can be obtained

bP +b P +b P +bP +bP +b P +B
proEE WW NN §S LL HH

P b_+b +b +b +b +b (5-23)
E w N S L H
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Fig. 5-6
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Flow chart for the numerical solution of the Navier-Stokes equations in
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where the source term B is actually the continuity error produced by the imperfect velocity

*
field V .

So far, the set of algebraic equations (5.17), (5.23) are closed. The solution of the set of
algebraic equations is then the prediction of the flow pattern. Fig. 5-6 gives the iterative
operations used in PHOENICS.

5.4.3.2 Program structure of PHOENICS

PHOENICS consists of two essential computer codes and two auxiliary ones (see [5.13]). The
essential ones are a pre-processor called SATELLITE and a processor called EARTH. The
auxiliary ones are a post-processor called PHOTON and a separate seif-instruction program
called GUIDE. The relationship among them is illustrated in Fig. 5-7.

Q1 FILE GROUND

VDU GRAPHICS

Fig.5-7 Structure of the programmes of PHOENICS.

SATELLITE is an interpreter which turns instructions provided by a user into a data file
containing instructions which EARTH can understand and obey. The normal way for a user to
give SATELLITE instructions is to establish a Q1 file which is written in the PHOENICS Input
Language (PIL). In the Q1 file one can define his own problem and boundary conditions. For
example, in our case, the problem is a three-dimensional, steady-state, incompressible,
turbulent, one-phase, forced-convective, air flow problem.

EARTH contains the main flow-simulation software. It reads the data file provided by
SATELLITE and executes the corresponding computations and then produces output files which
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can be read by the user and also by PHOTON, or by EARTH itself for further computations.
Besides, EARTH possesses Fortran subroutines which are accessible to the user. These
subroutines are stored in GROUND standing for "ground station”. The main function of
GROUND is to supply necessary boundary conditions, source, fluid properties and output
control features which are not contained within EARTH. If thc user's needs are not satisfied
by what the standard GROUND subroutines already contain, he may attach the Fortran
subroutines and insert programmes of his own, thereafter re-compiling and re-linking before
exccution.

PHOTON code is an interactive program which picks up the output file written by EARTH and
then, in response to the instructions entered by the user through a VDU keyboard, represents
the computed grid and flow pattern graphically on a computer screen or a printer.

GUIDE is the computer code which provides a source of helpful information about PHOENICS
and its usage, for both beginners and advanced users.

5.4.3.3 Treatment of the boundary conditions in PHOENICS

Setting up a flow-simulation computation through PHHOENICS involves two steps of work:
specifying the concrete problem; defining the boundary conditions. These two tasks can all be
fulfilled through the Q! file mentioned above. Generally speaking, the specification of
problems is comparatively easier than that of boundary conditions in PHOENICS. Therefore, it
is necessary to devote one section to describing how to define the boundary conditions
encountered in 5.4.2 in PHOENICS.

Along the fans on the air cooler:

PHOENICS always treats a boundary condition as a kind of source of the entity in question
(mass, momentum, energy, turbulent energy, etc) by using the following equation

= v - 5.24
Sboundary Co( V0 q)1’) ( )

The boundary source Sb is added as a source term to (5.17). C(b and IVQ are specified

oundary

by the user in the Q1 file. Then (5.17) becomes

a +a + a + a +a +a + S+C IV
E¢E Wq)W N¢N Sq)s L¢L 11¢11 6 6
o = (5.25)
P a_+a +a +a +a +a +C
E w N S L I o
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As mentioned in 5.4.2, the boundary conditions along the fans on the air cooler are of the
fixed flux kind. If C‘b in (5.25) is given a very small value, it is negligible in comparison

with the other terms in the denominator and C¢IV¢ in the numerator is the desired flux.
H ituti ith V, k, g, IV wi , , i
ence, substituting ¢ wit Vx k, €, and C¢ o with p Vo Vo p VO ko p VO ko respectively,

will result in a proper definition of the the boundary conditions along the fans on the air
cooler.

Along the walls:

For an impenetrable wall, PHOENICS sets the velocity on the against-wall faces of the near-
wall cells to be zero, and the k and € values at the centre of the near-wall cells as
calculated by (5.15) and (5.16). For the velocities parallel to the wall at the near-wall
cells, the corresponding discretization momentum equation is modified by adding the following
source of momentum

Vv

Sboundary ks oy | y=0 (5.26)

where V is determined by (5.13).

So far, with the aid of PHOENICS, we have solved the governing equations for the macro-
climate air flow patterns in the refrigerated room. However, the problem has not yet been
solved completely, because the micro-climate air flow is still unknown, which is essentially
important to the products themselves. The following paragraph is mainly about it.

5.4.4 Air flow through ball-like products

When the macro-climate flow pattern is calculated as above, the flow of air through the voids
between the ball-like products is neglected, because its influence on the macro-climate flow
pattern is very small. However, it becomes important when the heat and mass transport inside
the product boxes is dealt with. As soon as the macro-climate flow pattern is determined, the
pressure distribution in the room is also well known. As the air velocity in the boxes are
very low, it can be calculated based on the pressure-velocity relation as follows,

1
AP=3Ep V (5.27)
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where & is a coefficient depending on the surface roughness and shape of the products. The
calculation of the coefficient will be described in chapter 6.

5.5 Modelling of heat and mass transport

5.5.1 Air

Following the strategy that the flow pattern is predicted independently of the temperature
and concentration distributions, and the heat and mass transport is modelled on the basis of
the predicted flow pattern, this section describes the second step of the modelling, which
comprises the modelling of the temperature and humidity distributions.

5.5.1.1 Basic equations

The transport of a scalar quantity, such as heat or mass, in a turbulent flow of an
incompressible fluid is governed by the following equation,

aIl

'(; +div [V T1- (a+at)grad(ﬂ)1 = Sn/ p (5.28)

where a is the turbulent diffusivity and a is very small compared with a and thus can be
! t

neglected. For the time being, we assume the turbulent Prandtl number and Schmidt number are
equal to 1, that is, a = 81 =V, In case of heat and mass transport, I1 is replaced by h and

w respectively.

Because temperature is usually used as an output quantity, h is usually replaced by 8. There
exists a relation between h,0 and w

h
d(h) = % d(e) + %v d(w) = Cd(0) + v d(w) (5.29)

oh dh
where —_ and dh are supposed to be constant.
20 aw

Because the air possesses a very small heat capacity compared to the walls and products, it
can be regarded as a steady-state model. Substituting (5.29) into (5.28) and omitting the
derivative term with respect to time, the heat and mass balance equations become equations
for temperature and water vapour concentration (absolute humidity):
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div [V-06- a{grad(e)] = Se/ P (5.30)

div [V-w- S:grad(w)] = Sw/p (5.31)

oh
ow
are included in the source term Se.

ah . .
The constants 5 and (specific heat at constant pressure and latent heat of evaporation)

After the flow pattern has been determined, the velocity distribution is known and not
dependent on 6 and w, so that the energy and mass balance equations become linear. This fact
makes the problem much simpler, because the solution of linear equations does not need
iteration.

5.5.1.2 Finite difference equations

The finite difference method is a typical approach to solve partial differential equations.
The first step of this approach is to define the grid on which the differential equations can
be discretized. Fig. 5-5 shows one nodal point (P) of the grid which also uses "staggered-
grid" convention, that is, the velocities are located on the walls of the cells, while
temperature and humidity are at the centres. Equations (5.30), (5.31) can be transformed into
finite difference equations at this nodal point,

\V(Ve’eEveP) h‘V(VW’eW’eP) 0E+9W -29}’
+a ; +
Ax t AX

- -26
\V(V",ON,OP) \y(Vs,OS,OP) 6N+OS 2 P
+a N +
Ay t Ay

vV ,0 ,0 -y(V.,0 ,0 6 +6 -20
W(h H P) W(l L P) H L P
+ a N +
Az [ AZ

Se /p=0 (5.32)
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\y(Ve,wE,wP) -\V(VW,WW,WP) wE+wW—2wP
+a ; +
Ax t AXx
\% - gV + -2
W( n’WN’WP) w( s’wS’WP) Wyt We m2w,
+a ; +
Ay t Ay
YV, Wy W) WV w W) WitV 2,
+ a ; +
Az t Az
S /p=0 (5.33)
w
where function y is defined as below
V¢ V>0
W(V,¢1»¢2) ={0 V=0 (5.34)
V-¢>2 V<0

V is positive when it is towards point P and ¢ can be 6 or w. The above finite difference
scheme is also called upwind-difference scheme.

(5.32) and (5.33) form a set of linear algebraic equations which can be solved by using
Guass-Seidel method. To apply this method, (5.32) and (5.33) need to be changed into another
form. Similar to the treatment in PHOENICS, the two discretization equations can always be

represented in the form of (5.17). Thus

a® +ab +a B +a 6 +ab +ab +a 06 +S =0 (5.35)
P P E E w W N N S S L L H H [¢]
bw +bw +b w +bw +bw +bw +b w +S§ =0 (5.36)
P P E E w W N N NN L L H H w
where the constants aE N aH and bE . b“ are calculated from (5.32) and (5.33). To be

convenient, we represent the left sides of (5.35) and (5.36) with QP and WP respectively.

According to the Guass-Seidel rule (see [5.14]), the following sequence formulas can be used

to solved (5.35) and (5.36)

(k+1) _ (k) (k) (k)
o =9 - :
r r Q3

(5.37)
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(k+1) =W(k)_ W( k)/ W( k) (5.38)
P P P P

where k denotes the iteration number.
5.5.1.3 Boundary conditions

The solution of the above equations requires necessary boundary conditions. In the
refrigerated room, the air is in contact with the air cooler, products and walls. Thus there
are three kinds of boundary conditions.

Air ler

The air cooler acts as a heat and moisture remover in the refrigerated room. In principle,
the boundary condition related to the air cooler can be defined as an additional heat and
moisture source. However, the amount of heat and moisture transfer on the air cooler is
impaossible to calculate without using the evaporator model. In order to make a module-like
model, we would not prefer the model of the refrigerated room interacting with the
evaporator model at this moment. Therefore, for the time being, we define the boundary
condition of the air cooler as follows

06 =0 W =W (5.39)

where 90 and w are the output values from the evaporator models which have been described in
chapters 2 and 4.
Walls

Heat transport between the air and the room walls is by convection. The boundary conditions
along the room walls can be defined as: 1) an extra source term to (5.35); 2) impervious to
water vapour. The extra source term is calculated with a heat transfer coefficient as follows

0) (5.40)

=a A (o -
0,bou,wall walli walli walli P

where the heat transfer coefficient a i is calculated in 6.5.2
Wi

"

Products
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The boundary conditions around the products are similar to those along the walls. The only
difference is that there is moisture transfer from the products to the air. Hence, besides an
extra source term to (5.35), an extra source term should be added to (5.36).

S =a A (0 -0) (5.41)
8,bou,prod prod prod  prodP P

= A - 5.42
w,bou,prod Bprod pmd(wprod,l’ wl’) ( )

where the heat and mass transfer coefficients ., B are calculated in 6.5.1.
prod  prod

5.5.2 Walls
5.5.2.1 Basic equation
The refrigerated room commonly has six walls made from insulation materials. Just considering

the heat transfer perpendicular to the wall, the one-dimensional heat conduction equation
(Fourier equation) can be applied,

L. a0 ;
wa wd
= 7 4
ot awall ox * Se / pwall (5.43)

5.5.2.2 Finite Difference Equation

0 1 2 n
Outside Climate Inside Climate
Insulating Wall
Fig.5-8 Nodal points and boundary conditions of one-dimensional insulating walls.
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When the finite difference method is applied to a wall (see Fig. 5-8), the finite difference
equation of (5.43) becomes a matrix equation,

QI ewaII+ ]_)29 wall+ 239 bou+ D4S 0 0 (5.44)

where

=[0 , 0 yeeey O
wall wall,l  wall2 wall,n

and the matrices D‘1’ Dz’ Q}, 24 are dependent on the material properties and the boundary

conditions of the wall. Details on the calculation of these matrices can be found in [5.15].
Because (5.44) is obtained by using the implicit finite difference method, its solution is
always stable.

5.5.2.3 Steady-state model

Because we do not arrange a separate chapter for the steady-state modelling of the
refrigerated room, we treat the steady-state model as a particular case of the dynamic model.

In a steady-state case, assuming there is no internal heat source in the walls, (5.43) can be
integrated analytically as follows

6 =ax+b (5.45)

wall

where the constants a and b are determined by the boundary conditions and the material
properties.

5.5.2.4 Boundary conditions

The boundary conditions on the inner and outer sides of the walls are given by the following
formulas

Innper si

= 0 e ) (5.46)

0.i wall,i( mac wall | x=0
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S = - )+ (5.47)

o 0 0 Q
0,0 wallo  atm wall | x=l solar,abs

The heat transfer coefficients are calculated in 6.5.2. These two source terms should be
added to the corresponding elements in the matrices ]_)_3, _[_)_4 .

5.5.3 Products
5.5.3.1 Basic equation

Generally the products stored in cold stores like apples or pears are in small pieces. The
application of the heat and mass balance equations to each small piece is laborious and not
generally applicable. Therefore, a bulk of products is modelled like a porous solid. Then the
heat and mass balance equations for the product bulk can be derived,

prod 2
: Ve +8 5.48
ot dprod prod 6 /e prod ( )

Jm J
—ed g (5.49)

at w

where, for the example of apples, the following source term S9 based on the metabolism of the

fruits can be used (see [5.16]):

B /6
S =[B e Prod AV

o 6 -0 5.50
2] 1 prod prod( mic pmd” /Cp,prod ( )

where the constants B ,B and « y will be described in chapter 6. The porosity of product
12 pro

packing, defined as the ratio of the real volume occupied by the ball-like products to the
volume of the box, is involved in the parameter (A/V)prod.

5.5.3.2 Finite difference equation

The corresponding finite difference equations for (5.48) and (5.49) on nodal point P (see
Fig. 5-9) are then,

0 -0 0 +0 -20
prod,P prod.P prod.E r 2od W prod. P +
= a
At prod AX
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26

0 +0 -
prod N prodS prod.P +

Ay
0 . +0 -26 P
¢ r 7
.~ + Selpprod (5.51)
M odP " prod
roa, 704,
L Lot _ g (5.52)

At w

Fig.5-9 A cell with four of its six neighbours in the grids for bulk products.

As the explicit finite difference method is adopted above, the following condition must be
satisfied to ensure that the solution is stable (see [5.15])

At

< & rod [max(Ax, Ay, az)’ <172 (5.53)

5.5.3.3 Steady-state model

For the products which loses moisture, a pure steady-state does not exist. However, as the
moisture transport process is rather slow, a quasi steady-state can be assumed, that is, the
mass of the products does not change, even though they release water vapour to the micro-
climate. If the derivative with respect to time on the left side is scratched, (5.48) can be
modified into a linear algebraic equation
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a0 +a 0 +a 0 +a 6 +
P prod.P E prodE W prodW N prodN

a0 +a 0 +a 0 +S =0 (5.54)
S prod,S L prodL H prodH 0

The Guass-Seidel iteration method can also be used to solve (5.54).
5.5.3.4 Boundary conditions

The products are only in contact with the air in the micro-climate. Therefore the boundary
condition is determined as heat and mass sources which should be added to (5.51) and (5.52).

N
n
A
=

=aQ A (6 -0 ) (5.
0.bou,air prod prod ~ P prod,P

S =B A wo- (5.56)

= ( w )
w,bou,air prod  prod r prod,P

5.6  Criterion for de-coupling of the governing equations

Above it has been explained that, if the momentum equation is de-coupled from the mass and
energy equations, our problem can be dramatically simplified. The de-coupling strategy has
lead to two successful modelling approaches: 1) the prediction of air flow patterns does not
participates dynamic simulations; it only needs to be worked out once not for every time
step; 2) the energy and mass balance equations are linearized, which makes the solution of
the equations much easier. However, the de-coupling of the goveming cquations is
conditional, that is, some criterion has to be satisficd. This section is intended to give a
general criterion.

Precisely speaking, the transport processes in the refrigerated room occur in the form of
combined free and forced convections. The forced convection is caused by the fans on the air
cooler and the free convection results from unstable density gradients due to the temperature
gradients in the room. From examination of the dimensionless form of the goveming equations,
the relative importance of free convection in relation to forced convection is able to be
evaluated by checking the relative magnitude of the dimensionless parameter Gr/R¢®

Gr go ATL

RSV G2
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The parameter can be used as a criterion parameter to judge whether or not the de-coupling is
allowed. There exists the following principle (see [5.17])

—7>>1 free convection is dominant

—=1 free and forced convections are of comparable magnitude

Gr
_fRe <<1 forced convection is dominant

If the criterion is not satisfied in practice, the model having been established above is not
applicable. Then, further investigations towards combined free and forced convection flows
are necessary.

5.7 Heat and mass transport through door-opening

Heat and mass exchanges between the inside and outside of the room through door-opening
during loading and unloading of products are very considerable. Some attention should be paid
to this aspect. In principle, heat and mass transport through doorways is of free convection.
The air motion caused by free convection to a certain extent influences the main flow pattern
inside the room. Accounting for such an effect requires a more sophisticated model for
simulating combined free and forced convection flows. However, with some assumptions, the
model developed above can still be used to simulate the room behaviour with door-opening.
Herein, we will show how to combine the open-door model developed by Gosney [5.18] with the
model of ourselves.

5.7.1 A simple open-door model

Considering a opened door shown in Fig. 5-10, the pressure difference between the inside and
outside at a distance x above the ground is

P-P =P -P -gx(p.-p) (5.58)
i o ib  ob i o

Suppose the pressure difference is equal to zero at x = X then (5.58) results in
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air entering .
air pressure
Inside Outside
air leaving
Pi-P0o>0
77777777777 7777777
Ground
Fig.5-10 Pressure difference distribution on an open door.
P. b P
x = +8—ie (5.59)
0 p.-p
1] 4

where P'b and P are the basis pressure inside and outside the room respectively. Below x |

i 0 0

the air flows from the inside to the outside; above x , the air enters the room. The volume
0

flow rate of air into the room is calculated by the equation derived by Tamm [5.19]

2B , )
: 0.5
=- 2(P-P 5.60
Vi 3(p_—p)[ (ib ob)/pi] (5.60)
1 Q
where B is the width of the door.
The volume flow rate of air leaving the room is
2B 3 05
V =+ ——"{2[P -P_+H - ’ 5.61
V() +3(p.— p){ [ ob ib+ (pib pob)]/pi} (5.61)
[ o

According to the mass conservation law, the amount of exiting air must be cqual to that of
entering air. Multiplying (5.60) and (5.61) with appropriate densities and equating them

Vp=Vop (5.62)
1 I3 (2] 0
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H(p-p)

Pib = P + W (5.63)

Substituting (5.62) into (5.59)

H

x = W (5.64)

Thus the mass flow rate, in or out, is finally calculated by the following equation with an
empirical coefficient Cd:

2H(A - p /p.) 1

2
=-C pBH .6
3 4P, {[1+(r>1/po)“ ] ! 569

door
where Cd is a discharge coefficient, determined experimentally as 0.663 (see [5.18]).

5.7.2 Combination of the open-door model with the room model

Although the open-door model is based on the consideration of free convection and the model
of the refrigerated room is in accordance with the assumption that forced convection is
dominant, a combination of those two models is still possible. However, some assumptions are
needed.

Assumptions:
1) The air motion due to the free convection through door-opening only influences the
air flow patterns of the cells adjacent to the door. Fig. 5-11 shows the assumed flow

patterns for the near-door cells.

2) The transport process through door-opening is regarded as steady-state. Thus the
inflow and outflow of air volume should be equal.

3) The inflow air is evenly distributed over the cells above the neutral level x = X

and the outflow air is evenly distributed over the cells below the neutral level
This assumption is not 100% correct but the influence may be small.
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Fig. 5-11 Alr flow patterns around the open door.

With all these assumptions, to combine the open-door model with the room model is then all
but a matter of changing the boundary conditions for the near-door cells. Following the same
way defining boundary conditions as in section 5.5, we just add an extra source term to the
discretized energy and mass balance equations for the near-door cells. The extra source terms
for the cells above the neutral level are calculated as follows

h Ax/H (5.66)

=m
0,door door o

=n w Ax/H (5.67)
o

A =m
w,door door

The extra source terms for the cells below the neutral level are calculated as follows

=m  h Ax/H (5.68)
i

8,door door

S =m w Ax/H (5.69)

w,door door i

where h, h, w, w are the enthalpy and humidity of air inside and outside the door
i 0 ! o

respectively.



Computer implementation

5.8

5.8.1 Establishment of computational grids

) e e ==

Diagram of a cold store as an example for defining computational grids.

Fig.5-12

(b)

(a)

Two computational grids for both predictions of velocity and temperature.

(a) a very fine grid for velocity; (b) a coarse grid for temperature.

Fig.5-13
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Both PHOENICS for the prediction of air flow patterns and our own model for the prediction
of temperature and humidity distributions are all implemented on a well-specified grid. To
ensure that the solution by PHOENICS is reliable, a rather fine grid is necessary, specially
in the channels between product boxes. Let us take a refrigerated room shown in Fig. 5-12 as
an example. The corresponding grid is given in Fig. 5-13a. The specification of the grid
should make sure that the near-wall cells must meet the requirement in 5.4.2, that is,

20<y+<150 . However, the grid for the simulation of temperature and humidity distributions
may be more coarse than that for PHOENICS, as shown in Fig. 5-13b. The difference between the
two computational grids results in a necessity to calculate the mass flow rates on the coarse
grid from the velocities on the fine grid. Fig. 5-14 illustrates the relation between the two
grids on a plane view. Hence, the mass flow rates on the six faces of cell (LLJ,K) on the

coarse grid are calculated as follows

Nj
3
2
1
1 2 3 Ni
Fig.5-14 Relationship between the two different grids.
Nj Nk
n =pX T Ay Az V 5.70
My p_ Y Y W (5.70)
j= k=1
Nj Nk
n =pX ¥ -Ay Az V 5.71
Mg p. yj % Nij k. E (71
j=1 k=I
Nk Ni
m=p% I Az Ax V 5.72
pk L S ks (5.72)
= I =
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m =pX £ -Az Ax V )
my=P 2 2% VNN (5.73)
k=1 i-=1
Ni Nj
= A B
m, p?[. ): Axi yj Vi,j,1,L (5.74)
i=1 j=I
Ni  Nj
m =pX I -Ax Ay V .
Ho P L X Y NNk (5.75)
1= ]l =

where it is defaulted that the mass flow towards the centre of cell is positive and vice
versa. On the basis of the well defined grids, the flow pattern can be simulated by employing
PHOENICS. The simulated results will be presented in chapter 8. The procedures of running the
package are described in the PHOENICS Manual [5.11]. Hereafter the emphasis is put on the
computer implementation of our own model.

5.8.2 Flow charts

Fig. 5-15 is the flow chart of a dynamic simulation. It is started with the prediction of
flow pattern by PHOENICS. Then, the steady-state behaviour of the room is simulated by the
own model. Using the steady-state simulation output as initial values, a dynamic simulation
can be carried out. However, because the refrigerated room is filled with boxes of produce,
one cell in Fig. 5-13b can be an air cell or a product cell. Thus, the interactions between
the air and product models could be very complicated. In order to make more systematic
computer codes, it is necessary to arrange a good indexing notation.

We propose to make use of an identifier ID for every cell element on the coarse grid. The
identifier ID carries 7 items of information about the thermal characteristic of the
concemned cell through 7 information channels. ID can be pre-set as input. With the aid of
ID, the computer can judge whether the cell is an air cell or product cell and with which the
cell is in contact. Fig. 5-16 gives the logic of judgment

5.9 Closure

In this chapter, we have developed a distributed model of the refrigerated room. In
combination with the models of the components of the refrigerating machine, which have been
made in chapters 2, 3, 4, the room model forms a basic tool for the simulation of the steady-
state and dynamic behaviour of the whole refrigeration system. The models can be applied to
analyze and optimize the system, which will be described in chapter 8. However, as we have
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made lots of assumptions when those models were established, the models might to some extent
be inconsistent with the reality. Moreover, a certain amount of empirical constants which
were encountered in the modelling still need to be re-evaluated through experiments.
Therefore, we will devote the next chapter to the experimental validation of the models.

Flow Pattern
by PHOENICS

Steady-State
Conditions

t=t+At E
Weather Wall Model l [ Product Model Product
Date Properties
Model
Fig.5-15 Flow chart of a dynamic simulation of the refrigerated room.
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Fig. 5-16 Usage of the identifier ID for judging the heat and mass transfer forms of the
cells in the grid.
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Chapter
SIX

Heat, Mass and Momentum Transfer Coefficients

6.1 General

By so far, both the steady-state and dynamic models of the system have been already
described. For sake of simplicity and explicitness, the heat, mass and momentum transfer
coefficients used in the models were just put aside in the previous several chaplers,
although the importance of them to the success of the models is obvious. This chapter is
aimed at giving a detailed description about the coefficients encountered in the modelling of
the refrigerating machine and refrigerated room. In principle, the acquisition of the
correlations pertinent to heat, mass and momentum transfer coefficients is the assignment of’
those who are concerned with fundamental investigations. The job of model makers is to select
the existing correlations which are suitable to their own specific purposes. Sometimes,
modifications to the selected correlations are also required, if the application range is
beyond the validation range of the correlations. Therefore, the main effort of this chapter
is paid to comparing and choosing correlations from the literature.

Physical transport phenomena by convection are often associated with energy and mass exchange

between a surface and an adjacent fluid. The rate equation for convection is expressed by the
following formula

T=x(0-9) 6.1



where ¢ is the value of transport quantity of the surface and ¢2 is that of the main stream
1

of fluid. With respect to the three modes of transport, T, x and ¢ have the following
specific meanings

heat transfer mass transfer momentum transfer
[ heat flux mass flux pressure drop
k heat transfer coefficient mass transfer coefficient  momentum transfer coefficient
¢ temperature concentration velocity

This simple equation is the defining relation for the convective transfer coefficient x. The
determination of the coefficient is however not a simple undertaking at all. It is related to
the mechanism of the fluid flow, the properties of the fluid, and the geometry of the
specific system of interest. There are four methods of evaluating the convective transfer
coefficient:

a) dimensional analysis, which to be useful requires experiments
b) exact analysis using the boundary layer theory

c) approximate integral analysis of boundary layer

d) analogy between the three modes of transport

Although the analysis approaches are very meaningful, they may not offer a practical solution
to every engineering problem. There are many situations for which no mathematical models have
as yet been successfully applied. Thus people cannot help but conduct experiments to obtain
empirical correlations for various transfer coefficients, on the basis of dimensional
analysis. By utilizing the method of dimensional analysis, one is able to correlate certain
dimensionless parameters to construct basic equations. The purpose of experiments is then to
determine the constants in the basic correlations. This can help save a lot of experimental
costs. Due to the way of fundamental research, almost all the correlations to calculate
transfer coefficients in the literature are in the forms indicated by dimensional analysis
and involve dimensionless parameters. The correlations pertinent to the heat, mass and
momentum transfer coefficients, as will be described below, are then in the forms of
algebraic combinations of these dimensionless numbers. Here, it has to be pointed out that
when momentum transfer is dealt with, pressure drop instead of momentum transfer coefficient
is directly calculated in most of the literature.
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6.2  In the evaporator

6.2.1 Between the refrigerant and pipe wall

Local heat transfer coefficient in the two-phase flow region

g.8<x<1 x=1
. -out
wetted wall region (0.2<x<0.8) | rgyg?o“n Sr%);fr

Local heat transfer coefficient

Length of evaporator coil

Fig. 6-1 Variation of the heat transfer coefficient in the two-phase flow region
with the quality of refrigerant.

The heat transfer process taking place in the evaporator pipes is in the form of a horizontal
two-phase flow. As mentioned in chapter 2, the flow patterns in refrigeration system
evaporators are mostly annular flow. Heat is transferred by conduction and convection through
the liquid film and meanwhile vapour is generated continuously at the interface. The bulk
vapour in the core region is normally assumed to be at the saturated equilibrium state
appropriate to the local pressure. As the refrigerant velocity is rather high and the liguid
film is thin in the evaporator pipes, the heat transfer across the liquid film duc to
conduction and convection is so efficient that nucleate boiling is often suppressed. Thus,
hereafter only convective boiling is concemmed. On the other hand, in a dry-expansion
evaporator, the refrigerant must be completely evaporated at the end of the coil. Thus along
the evaporator coil, first a thin liquid film covers the inside tube surface, then the film
becomes patchy, and finally it dries out completely. In such a process, the heat transfer
coefficient undergoes a gradual change as shown in Fig. 6-1. In the wetted wall region the
coefficient increases with the quality. When the quality is greater than a certain value (
about 0.8) that is called dry-out quality, the coefficient drastically decreases to the value



of the single phase region. Sthapak et al [6.1] investigated the heat transfer in the dry-out
region of a horizontal refrigerant tube and gave a complicated correlation. However, a simple
way to account for the dry-out effect without causing large deviation is to make an
interpolation for the heat transfer coefficient in the dry-out region as follows (see [6.2})

T o (x) (wetted wall region: 0.2<x<xd)
e
o = j (6.2)

4

‘:\‘ atp(xd)- [ (x-xd)/(l-xd) ] z(atp(xd)-as) (dry-out region: xzxd)

where the dry-out quality X, is calculated as below (see [6.3])

x =7.943 [Re (2.03E+4 Re O A1) 0 (6.3)
2%

Gd
with Re = _ll as the Reynolds number for the total mass flow rate considered as only vapour
A4

v
-T.
e

flow and AT =T
pw

Now it can be found that the main task of calculating the heat transfer coefficient in the
two-phase flow region is to find a good correlation for @ (x). In the literature, many
P

correlations about @ (x) can be found. However, they can be classified into five types.
P
a. Typel
This is the most commonly used type which simply employs the Martinelli parameter X”to

correlate the heat transfer coefficient for single-phase flow to that for two-phase flow

1
__b
alp(x) = a(X") cxl 6.4)

@ is the heat transfer coefficient for the liquid portion of the total mass flow if it were

flowing in the pipe alone.
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o, =0.023 (1 /d) [G(l-x)d/ul]g'g(Prl)o'j (6.5)

The reason why to use the Martinelli parameter has been explained in [6.4]. The constants a
and b in (6.4) have different values from different sources, depending on the specific
conditions to be concerned.

b. Type?2

As nucleate boiling on the inside pipe wall is absolutely omitted in (6.4), it may give an
incorrect prediction of the heat transfer coefficient when the refrigerant velocity is low
and convective boiling is not dominating. Thus it is proposed to add an extra term to (6.4)
by including a boiling number

1
—\¢
oc[p(x) =a| Bo+b (X ! ocl (6.6)
17

In this type of correlations, the boiling number is dominating when nucleate boiling plays a
main role. When the heat flux is relatively small and nucleate boiling is suppressed on a
thin film, convective heat transfer becomes dominant and the Martinelli parameter is then in
action. Similarly, the constants 4, b, ¢ in (6.6) could be different in different cases.
c. Type3
This type of correlation just uses a boiling number and a Reynolds number

A

/ 2 b
—_( R B ( ‘ )
OL[ (%) af( el 0) (6.7)

In contrast to (6.4) and (6.6), (6.7) is independent of quality and depending instead on
quality change per unit length (see the definition of boiling number in the nomenclature).

d. Type4
All the other correlations using self-defined dimensionless numbers belong to this group.
As an overview 10 the existing correlations found from the literature, Table 6-1 gives a list

of authors as well as their experimental conditions. The selection of a appropriate
correlation depends on two aspects of consideration: 1) the valid range of the selected

2
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correlation should fit the application range; 2) the selected correlation should be simple so
that, if any further validation to the correlation is made through own experiments, there
will not be too many evaluated constants. Van der Meer [6.16] ever pointed out in his thesis
that one should carry out his own measurements to obtain a useful correlation instead of just
directly using a heat transfer correlation from literature. The reason is because all
existing correlations are based on measurements on special test stands and conditions and to
different degree show some deviations from reality. Moreover, the measured pipe wall and
fluid temperatures which are used to obtain the heat transfer coefficients might be
influenced by the methods of doing experiments. The more important point is that the
definition of temperature difference used in modelling may be different from that when the
correlations were obtained.

Table 6-1 Overview of the existing correlations from the literature.
Year Author Correlation Test system Used by
type & fluid

1956 Dengler & Addoms [6.5] 1 ver. ube, d=25.4mm, water -

1956 Guerrieri & Talty [6.6] 1 ver, tube, d=19.0mm, various organics -

1957 Pierre [6.7] 3 hor. tube, d=18 & 22mm, R-22 Domanski [6.15]
1959 Bennett et al [6.8] 1 ver. annulus, d=0.623-0.866in, water -

1962 Schrock & Grossman [6.9] 2 ver. tube, water -

1962 Collier & Pulling [6.10] 2

1963 Chen [6.11] 4 -

1966 Chaddock & Noerager [6.12] 1 hor. tube, d=0.46in, R12 Fischer [6.2]

1976 Shah [6.13] 4 statistical work -

1978 Dembi & Dhar [6.14] 4 statistical work van der Meer [6.16]

From this point of view, we decided to select the first type as the basic correlation for our
model. There are only two constants: a and b in (6.4), which can be more accurately
determined through own experiments. The validation procedure will be presented in chapter 7.
Fig. 6-2 shows the comparison of the first type of correlation (with a=3.4 and b changeable)
to the Dembi correlation. It can be found that differences between them are existing for
different b values. Guerrieri suggested a=3.4 and b=0.45 and the calculated heat transfer
coefficient is about 30% lower than that predicted by the Dembi correlation. This deviation
is consistent with the conclusion of van der Meer [6.16]. Although Dembi et al declared that
their data (about 1600 points) covered almost all the flow patterns and heat transfer
mechanisms to be expected in horizontal boiling flows, van der Meer found the predicted
values by the Dembi correlation are almost greater by a factor of 2 than his laboratory
experimental results on an air cooler. He attributed such a difference to several causes:
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4 Heat transfer coefficient [kw/(m**2*K))
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Fig. 6-2 Comparison between the Guerrieri and Dembi correlations. Top. as afinction of
quality; bottom: as a function of mass flow rate.

I having used an average temperature difference to calculate the effective mean heat

transfer coefficient in his own calculation, which might be different from that ever
uscd by Dembi.



II having used an incorrect correlation of pressure drop, that helps calculate the
average evaporation temperature based on the measured refrigerant pressure at the
outlet of the evaporator.

il the "rib effect” of the evaporator pipes on the refrigerant pressure drop.

In view of such uncertainties, it is really necessary to validate the selected correlation
through own experiments in order to have a reliable correlation.

Average heat transfer coefficient in the two-phase flow region

Above the local heat transfer coefficient is described which is important to the distributed
dynamic model of the evaporator. However, the steady-state evaporator model is lumped and
therefore an average heat transfer coefficient is needed. In order to get an average value,
integration of (6.2) over the whole two-phase flow region with respect to quality x is
necessary. This method was adopted by both van der Meer [6.16] and Fischer et al [6.15]

1 Xd
o = [J’ o (x)dx +
X tp

e 1-x
in in

1
2
[ o o Gon X )1 () ) (68)

Substituting (6.4) into (6.8) and working out the integration

1 2
1 1 2
T = ( (X(C1+ )_ (Cl+ )) (x(C1+ )_ X(C1+2))

e 1-x Ci+l 4 xin TCr+2d in
in

+Cs3(1- xd)] (6.9a)

where

p1 0.5b _v0.1b

i
— — 6.9b
pv) (“1) (6.9b)

C = 0.023 a(k, @) (G ) o)

C:=09b (6.9¢)
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C2=08-09b (6.9d)

Cs = a[p(xd) - [alp(xd) - a»\_] /3 (6.9¢)

The constants a, b in (6.9) will be also checked in chapter 7
Heat transfer coefficient in the single-phase flow region

In the single-phase flow region or superheat region, the Dittus-Boelter correlation is
adopted to calculate the heat transfer coefticient (see [6.16]).

o = 0.023Re)” Py "2 /d (6.10)
&
4m v e
where Re = nd gt ;o Pr= k)
4 &

Compared to that of the two-phase flow region, this correlation is more reliable, because the
influencing factors are less in the case of a single-phase flow. The reliability of (6.10) is
taken for granted when the validation of the heat transfer coefficient in the two-phase tlow
region will be carried out in chapter 7. As the refrigerant in the single-phase flow region
is considered incompressible, the mass flow rate is the same over the whole region in both
steady-state and dynamic cases. Moreover, the effect of temperature variation on the physical
properties is not so big. Therefore, there is no essential difference between the local and
average values of o

Total pressure drop in the two-phase flow region

In chapter 2 it was assumed that the refrigerant temperature keeps constant along the
cvaporator pipe length. However, in reality there always exists a temperature gradient due to
pressure drop. This temperature gradient can be added on later just after the average
gvaporation temperaturc Te is determined. The pressure drop results from momentum transport

between the refrigerant and pipe wall. In contrast to the heat wransfer coefficient described
above, the local variation of the pressure drop in the evaporator coil is not significant.
because its absolute value is small. The author's experience is that the total pressure drop
of an evaporator coil (L=15m and d=0.0113m), with refrigerant mass flow rate of 80 g/s. is
about 0.2 bar. On the other hand, the contribution of return bends to the total coil pressure
drop can approach 50 percent (see [6.17]). A very accurate calculation of the local pressure
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drop without correctly considering the bend influence is actually futil. In order to save
computation times, only the total pressure drop in the two-phase flow region is calculated in
the steady-state and dynamic models of the evaporator. For calculating the local refrigerant
temperatures, assumption is made that the pressure drop is linearly distributed over the
whole region.

The pressure drop in the two-phase flow region can be regarded as composed of three principle
components: the friction and acceleration components in the straight pipes plus the total
loss in the return bends. A great amount of research has been conducted, and many empirical
or semi-theoretical correlations have been available. Among them, the Lockhart-Martinelli
correlation [6.18] is the most popular. However, it is subjected to local pressure drops in
straight tubes. Van der Meer [6.16] used the Brauer correlation [6.19] in his thesis, which
also predicts local pressure drops. Due to the complexity of those correlations, overall
integration of them, as has been made for the heat transfer coefficient above, seems
mathematically impossible. In the literature, the only one that accounts for the total
pressure drop in evaporator coils is the Pierre correlation [6.20], [6.21].

Pierre combined the three components together and obtained the following equation:

XZ-XI Nb d - 2
)+ 5 &, 1L, VA) Le/p d) (6.11a)

AP = { &+ [(
tp str

m

friction acceleration return bends

where the friction factor in the straight pipe is:

£ =c(Bo/Re)” (6.11b)
str 1

m d
Re1= A (6.11c)

where the viscosity M is that of a pure refrigerant without accounting for the oil effects

which are however included in the constant c. Pierre suggested ¢ = 0.0185 in the case of oil-
free and Rel /Bo > 1.0; ¢ = 0.053 in the case of oil-present and Rcl /Bo > 2.0, on the basis

of his experiments. However, under different operation conditions, ¢ could be different and

130




needs to be determined through own experiments, because of the differences of oil
concentration, pipe dimension and roughness.

X% and x are the entering, leaving and average vapour quality respectively. N/ is the
m 2

number of return bends.

1

—_— 6.11d
P x Ip +(1-x Yp (6.11d)
m v m

éb=ébf+§b'0 (6.11¢)

the factor éb accounting for the oil effects takes valucs as below
N

0.8t0 1.0 oil-free
£ ( )

b0 1.1to 1.3 (()il—present) (6.111)

the factor ébf accounting for friction is calculated

ébf= 2 éme/d (6.11e)

, Pressure drop (bar)

L=15m
1F d=0.0113m ¢=0.0335
inletx = 0.2

Pierre correlation c=0.0285

08 }F Brauer correlation
— —Martinelli correlation

06

04r

0 5 10 15 20 25 30 35
Mass flow rate (g/s)

Fig. 6-3 Comparison of the Pierre correlation to those of Brauer and Martinelli.



Fig. 6-3 shows the comparison of the Pierre correlation to those of Brauer and Martinelli.
As the Brauer correlation calculates local pressure drops, the pipe used in the comparing
calculation is divided into nine elements and the total pressure drop is the summation of
those of the nine elements. It is apparent from the figure that the Pierre correlation can
fit the Brauer and Martinelli correlations by modifying the constant ¢ in (6.11b).

Total pressure drop in the single phase flow region

The pressure drop in the single-phase flow region is calculated with a correlation in [6.22]

AP =05p & L u' A (6.12a)
sp g8°sp sp sp

The friction factor & is
sp

64/Re (Re < 2320)
8- 0.316Re”” (2320 < Re < 8E4) (6.12b)
0.0054 + 0.3964Re (Re > 8E4)

6.2.2 Between the pipe walls

When the evaporator pipe wall was modelled in chapter 2, there was a heat conduction term,
Q , that may play an important role specially for those pipe elements with considerable
pw

temperature differences. Since the pipes are connected by the fins, heat conduction takes
place between one pipe element and its neighbours. Besides, there exist axial heat flows
along the pipes.

Axial heat conduction (see Fig. 6-4):
Q = n(Dz-dz)/4 (A /az) [T @41,k -T @(1,j.K] (6.13)
pw,i pipe i pw pw
Heat conduction via the fins is calculated by using the solution of [6.22]:

Q =(N3J¥_S [T Gj+Lk-T (G,jk] (6.14)
pw.J fin j o pw pw

where
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2r

Sj = arccos[ Az / (2D%)-1 ] (6.15)
J J

and Nf‘ is the number of fins per pipe length of Az .
n i

=]
=5
} I T S
TO0I 00U T0000
i
Fig. 64 Structure of the square pitched pipes and the plate-fins.

6.2.3 Between the pipe wall and air

Investigations on the heat and mass transfer coefficients for plate-fin-tube heat exchangers
have brought out quite a lot of correlations in the past years. However, few of them have
ever taken into account the effect of number of rows of tubes and the effect of the
interaction between heat and mass transfer, as McQuiston [6.23, 6.24] did. On the top, he had
done a lot of investigations in this area for more than ten years. Hereafter, the
correlations of McQuiston are adopted. Unlike the two-phase flow heat transfer coefficient
inside the evaporator pipe, the air side heat transfer coefficients, as introduced below,
will not be validated by our own experiments. There are two reasons for this: 1) simultaneous
validations of the inside and outside heat transfer coefficients are very difficult to
realize, because the local pipe wall temperature is not easy to measure on a real air cooler;
thus we have to assume a correct coefficient on one side and check the coefficient on another
side; 2) the uncertainties inside the pipe are more than those outside, such as oil effect,
flow pattern, return bend influence, slip effect and so on; as compared to the inside heat
transfer coefficient, the outside ones are more reliable, because the operation conditions,
under which the correlations were obtained, usually are similar to the conditions, to which
the correlations are applied.
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Total heat flux (sensible heat + latent heat):

+
pipe TIf in Sﬁn

(S )
a,t= D Az aa.t(hpw i ha) (6.16)
i

o]

where the total heat transfer coefficient is:

a =G j/sc?? (6.172)
at a

at
and h is the air enthalpy calculated according to the pipe surface temperature and 100 %
w
relative humidity when the surface temperature is lower than the dew point. the air mass flux
G must be calculated by using the front free flow area of an air cooler.
a
The jt factor is calculated as

jf f(JP- Jt(s)) (6.17b)

Function f( ) is expressed as

-1.2

1-1280N  Re
f0P -1 (5)) = mow — | [0:0014 + 02618 JP-J (5)) (6.17¢)
1- 5120Re
P= Rez“"“(S/st)""” (6.17d)

where S/St is the ratio of the total surface area to the tube surface area without fins.

S
J(s)= [0.95+40E-5Re ] [—)° (6.17¢)
t 3 S-y

Re] is the Reynolds number based on longitudinal tube spacing

Re =G Az /p (6.171)
1 a k a
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Rez is the Reynolds number based on tube diameter
Re =G D/p (6.17g)
2 a a
R63 is the Reynolds number based on fin spacing
Re =G s/u (6.17h)
3 a a
Sensible heat transfer:

+ S
pipe T]fin fin

(S )
a,s: D Az, aa,s<epw i ea) (6.18)
i

where the sensible heat transfer coefficient is

@« =Ge j/m”’ (6.19a)

a.s a p,a s a

The j factor is calculated as
R

j\,= fJp- Js(s)) (6.19h)

J(s)=0.84 + 40E-5Re (6.19¢)
S RY

The McQuiston correlations are compared to those of Briggs and Young, and Kutateladze in
Fig. 6-5. A good agreement among them can be found in cases without dehumidification.
However, a considerable deviation appears when there is dehumidification. Such a deviation
increases with air mass flux (the normal value in practice is around 4 kg/(m’s)). It
demonstrates that the condensation of water vapour on the outside surface of the evaporator
influences the heat transfer coefficients.
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Fig. 6-5 Comparison of the McQuiston correlations to the other two.

a) sensible heat transfer coefficient without dehumidification;
b) sensible heat transfer coefficient with dehumidification;

¢) total heat transfer coefficient without dehumidification,

d) total heat transfer coefficient with dehumidification;

Mass transfer:

After the total heat transfer and sensible heat transfer are calculated, the water
condensation rate can be easily worked out as follow

mw N (qa,r i qaz.s)/Y (620)

Fin efficiency:

The fin efficiency nf is expressed as follows (see [6.16] and Fig. 6-4)
in
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tgh{0.5(Az -D) {2vya /(lf, )’)]0'5}
. a LA e (6.21)

Tin~ 0.5(Az.-D) [2yo /(. )]
J a fin

where y is 0.85 for fins with cylindrical base.
6.2.4 Heat transfer coefficient in off-periods

During an off-period, the refrigerant stands still inside the evaporator pipes and the heat
transfer process is the type of pool boiling. It has been well established that there are
three basic modes of pool boiling: natural convection; nucleate boiling; and film boiling
(see Fig. 6-6). Each of the modes occurs over a range of superheats measured at the surface
of pipe. In the case of an air cooler evaporator during off-periods, the heat transfer
process is dominated by natural convective and nucleate boiling, as the temperature
difference between the pipe wall and refrigerant can never be high enough to come into the
film boiling region.

free convective 1 nucleate film
boiling 1 boiling boiling

T
|
|
|
|
|
!
l

Heat flux

;
o
|

T
0.1 1 10 1000 AT=Tpw-Te (°C)

Fig. 6-6 Three modes of pool boiling.

Natural convective boiling

Natural convective boiling takes place inside the evaporator pipes, after the system is
switched off for some time when the temperature difference between the pipe wall and
refrigerant is less than 2 °C. Since correlations for the heat transfer coefficients for
horizontal pipes are not available in the literature, the correlation for a horizontal plate
is made use of (see [6.22}]).
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0.6%, Ra”"/Ld (Ra < 10")

o = (6.22)
mat 1 0.15 y Ra’”/Ld (Ra > 10)
L=nD

d

Nucleate boiling

Nucleate boiling occurs as soon as the compressor is switched off. At that moment, the
temperature difference between the pipe wall and refrigerant is relatively high. The
correlation given in [6.25] is used to calculate the heat transfer coefficient.

3 205 05
c (T -TYyg (p,-p) 1
a = — 2e513 losv L (6.23)
nuc ’yPrl'Clo" ’
Wi

6.2.5 Effects of oil presence on the inside transfer coefficients

The above correlations for the transfer coefficients on the refrigerant side are all for
cases of oil-free refrigerants, except the Pierre correlation. However, refrigerants commonly
used in direct expansion evaporators are highly miscible in lubrication oils. The presence of
oil in the refrigerant results in deviations of the real heat transfer coefficient or
pressure drop from those for oil-free refrigerants. A lot of investigations have been
involved in studying the effects of oil. A detailed review of those investigations was given
by Green [6.26]. Applicable correlations to calculate the oil effects can hardly be found but
only rough graphs or qualitative analysis. Below several conclusions drawn from the
literature study are listed:

Effects on the heat transfer coefficients

1) The presence of oil tends to promote an annular flow pattern and then increases the
boiling liquid contact area within the evaporation pipes. The result of a greater
contact area is the increase in the heat transfer coefficient based on the inner tube

area, which people normally use.

2) Because of the increase of the refrigerant viscosity caused by the presence of oil,
the local heat transfer coefficient of the liquid area is reduced.
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3) At high vapour velocities, oil tends to delay wall dry-out, resulting in an increase
in the heat transfer coefficient. Oil can also increase the heat transfer coefficient
in the superheat region. The magnitude of this effect can be up to 50%.

Schlager et al [6.27] gave a graphic illustration (Fig. 6-7) of the boiling heat transfer
enhancement factor due to the presence of oil. Such a variation shown in Fig. 6-8 is the
result of a combination of all the oil effects on the heat transfer coefficient. On the basis
of the information given in Fig. 6-7, we are able to estimate the oil effect on the two-phase
flow heat transfer coefficient on the refrigerant side.
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o
4

Enhancement factor
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Fig. 6-7 Variation of the heat transfer coefficient enhancement fuctor with the oil
concentration. Enhancement factor is defined as the ratio of the heat transfer
coefficient with oil-presence to that with oil-free.

Effects on the pressure drop

The oil effect on the pressure drop is obvious. As the viscosity of refrigerant becomes

greater, the pressure drop within the evaporator pipes is markedly increased by the presence
of oil. Such an effect is taken into account in the Pierre correlation.

6.3 In the condenser

6.3.1 Condensation zone

Heat transfer coefficient between the refrigerant and tubes
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The energy balance for the tube-and-shell condenser has clearly been presented in chapter 3.
The most important part of the heat transfer taking place in the condenser is that
transferred to the tube bundle in the condensation zone. This amount of heat includes two
components: sensible heat of de-superheating and subcooling; latent heat of condensation. To
calculate the heat transfer coefficient between the refrigerant and tubes, the Nusselt
equation is in common use. However, the outside surface of the tubes is extended by using
low-fins in order to intensify the heat transfer efficiency. The original Nusselt equation
for condensation on a vertical plate has to be modified in view of low-finned tube
geometries, tube bundles in square or triangular pitch, and total refrigerant enthalpy drop.
Beatty and Katz [6.28] derived a modified Nusselt equation for a single low-finned tube.
Then Katz et al [6.29] applied the Beatty and Katz equation to tube bundles of both square
and triangular pitch. And Kirkbride [6.30] suggested the sensible heat transfer due to de-
superheating and subcooling be accounted for by adding extra term to the enthalpy difference.
With all these modifications, the final correlation of heat transfer coefficient for the
condensation of refrigerant on bundles of low-finned tubes is as follows (see [6.3]):

0.25 x; p; g Ah 025
o, = 0725 C M) T LT ] (6.252)
eq | ¢ t ube
where
025 0.25 0.25
1 =1. A A L + A A D 6.25b
[ /Dqu Sntube fin/( tot ) tube I tot tube) ( )

2 2
L =mn( Dfin i Dlube)/(4Dfin)

N < 20in both pitch
e

tube tubi

0.52

M=< 0.815N N > 20in square pitch (6.25¢)
tube tube
0.54 . .
0.400 N N > 20 in triangular pitch
~ tube tube
Cn =exp[ -0.155 + 0.21 In(M) ] (6.25d)
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=h -
Ah - hsub] (6.25¢)

Heat transfer coefficient between the cooling water and tubes

The cooling water inside the tubes may be in laminar flow, turbulent flow or transition
region. In [6.22], correlations are given to calculate the heat transfer coefficient for all
the three cases.

Laminar flow ( Re < 2300 ):

0.19 (RePrd/L)"

= %5 46 .21
Nu=1365+ 1 017 (Repra/L) " | (6.26a)

Turbulent flow (Re > 104) and transition region (2300 < Re < 1()4):

&/8 (Re - 1000) Pr

2/3
- 7 2
1”2_7(&/8)0.5(“2 £ D [ 1+(d/L) | (6.26b)

Nu

A Nu

were § = (1.82 longc - 1.64)‘2. The heat transfer coefficient o = —; and the Reynolds
W

number Re is based on the pipe inner diameter d.
Heat transfer coefficient between the refrigerant and shell wall

As normally the condensation temperature is higher than the surrounding air temperature, heat
can be transferred through the shell wall to the outside. Moreover, condensation may take
place on the inside surface of the shell. To calculate the heat transfer coefficient, the
correlation for the condensation of still saturated vapour inside a horizontal tube is
adopted (see [6.31], [6.32]).

=h /0 6.27
“Shell.c r,l/ film (6.27)

where 6f1 is roughly assumed to be 1 mm, because this part of heat transfer is unimportant.
tin



Heat transfer coefficient between the shell wall and air

The heat transfer between the shell wall and surrounding air is a free convection problem
outside a horizontal cylinder, The correlation given in [6.22] can be used for the purpose.

=A . /D CiCzRa (6.28)
air sh

sh.atm

The constants C1 and Cz are as below

Ra Ci C
—102 | 0675 | 0058
102 —10" | 1.020 | 0.148
102 —10" | 0850 | 0188
10" —10" | o480 | 0.250
+7 +1
107 —10 0.125 | 0333

6.3.2 Subcooling zone

Heat transfer coefficient between the refrigerant liquid and tubes

Refrigerant liquid surface

k—» Ur | -~ ‘_J
LAl
Fig. 6-8 Refrigerant flow pattern in the subcooling zone which can be represented by a

system of concentric pipes (right).

The tubes merged in the subcooled liquid are identical to those in the condensation zone. But
their heat transfer mechanism is different. The heat transfer in this zone occurs without
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phase change and thus its coefficient should be much lower than the other. However, it is not
real natural convection either, because the subcooled refrigerant liquid is not absolutely
still. Such a situation is even more obvious when the liquid level becomes lower. The liquid
motion velocity in the horizontal direction may not be negligible, that can be calculated as
below (see Fig. 6-8)

m
r, out
u = (6.29)

A
’ sub P r

As an approximation, the heat transfer coefficient for forced convective flow in concentric
pipes (see [6.22]) is adopted. It is supposed that heat is transferred through both inner and
outer pipes which however have the same temperature. In the present case, the temperatures of
the shell and tubes are obviously different. However, we assume such a difference would not

cause big errors.

For laminar flow (Re=u D /v <2300 ):
rd hydr rl

019 Re Pr D /L )°
h 0.11

Nu=INu +1M,D 0770117 (Re P b PP D (630
sn
0.102 o0i
=3, e D)’ 6.
Num 3.66+ [4 D /D )+0.02 ](Di/ 0) (6.30b)
2 0
fD /D )=1+0.14D /D)’ (6.30¢)
1 [ 1 4
For turbulent flow ( Re=u D /v >2300):
rd hydr rl
0.86D /DY ¥+ 11-0140 m Y
i_o i o .
Nu = 1 +D /D Nuo (6.30d)
i o
where Nuo is calculated by using (6.26) and the hydraulic diameterD. =D -D .
ydr 0 i



Heat transfer coefficient between the refrigerant liquid and shell wall

The correlation in this case is the same as above.

6.4 On the connection lines

The components in a refrigerating machine are connected by pipes. In order to return the oil
mixed in the refrigerant back to the compressor, an oil separator is equipped between the
compressor and condenser. Usually, some control and safety devices are also assembled
somewhere in the system. Depending on the specific location of the system, the connection
lines can be longer or shorter and may have bends. Generally speaking, the situations on the
connection lines are very diverse and complex. Therefore, we decided to use two very simple
equations to calculate the heat transfer and pressure drops on the connection lines of the
system.

Qr2=A1[05 (TI’m+ Tz,ri) - Tamb ] (6.31)

APr2= [ ZK+LME 105 prvi=B [frv/p‘:'slm (6.32)

where I k represents the summation of the local pressure drops due to sudden contractions or
enlargements; L/d & represents the pressure drop along the connection line between components
1 and 2.

The constants A and B will be determined through experiments in chapter 7 and are assumed
independent of mass flow rate.

6.5 In the refrigerated room

6.5.1 Micro-climate

Heat transfer coefficient between the product and air

Most of agricultural products are still alive even though they have been harvested. The
metabolism process of them during storage produces heat and water. The characteristic

reaction of metabolism is usually described as below

CH .0 +60, { =6CO, 1 +6H, O+ Heat (6.33)
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The reaction rate of metabolism is dependent upon the temperature of product, the composition
(concentrations of CO, and O, ) and velocity of micro-climate air. If the composition cffect
is left aside for the time being, there exists an empirical correlation to calculate the heat
production rates based on the product temperature (see [6.33]):

-B
= A B Trrod

= .34
prod prod (6.34)

For apples, A = 1.5545E7 (kw/kg), B =7632.9 (K).

This amount of heat is removed by the cold air through the micro-climate. The heat transfer
cocfficient on the surface of product is calculated by Fockens [6.34] as follows

Nu=1064Re. "’ pPr'” (6.35)

v D aD

0___prod prod . . . . .
where Re = N and Nu = . The velocity v, s the air flow velocity outside the
0 a

box, as shown in Fig 6-9.

Fig. 6-9 Air velocities in the macro-climate and micro-climate.

Moisture transfer coefficient between the product and air

Besides heat, the product also releases moisture that is carried away by the air. For the
moisture transfer, the surface of the product plays an important role. Fockens and Meffert
[6.35] proposed four model-surfaces (see Fig. 6-10):



Pwa Pwa Pw,a

P prod P prod

Fig.6-10 Four models of product surface proposed by Fockens.
1. awet surface covered by a thin layer of water or air saturated with

water vapour;
2. awet surface covered by a porous layer and the pores are filled with
air;
3. asurface covered by a layer which is impervious to water vapour;
4. asurface which is a combination of the surfaces 1, 2, 3, the areas of
these surfaces being A, , A, , and A, respectively.

Then the moisture transfer flux is calculated by using a partial pressure difference of water

vapour for the most complicated case: model IV

p p 1
§2 R T1/p+ us/S] (Pprod- Pw,a)

m = [Z‘,I R T + (6.36)

§{=A1/(A1+A2+A3)

<‘,2=A2/(A1+A2+A3)

where T is the mean absolute temperature of the boundary layer. To be simple, the average
temperature between T y and T  can be used to substitute it. The saturated water vapour
pro a,mi

pressure on the product surface P i is that corresponding to T 7 The mass transfer
pro pro

coefficient B depends on the Reynolds number of the air flow along the surface. In the case

of air flowing through a bed of nearly spherical bodies, B is given in [6.34] as follows

B=0.989Re " Sc"’oD (637)
[4 pro
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The partial pressure of water vapour in the air is related to the absolute humidity by the
state equation

. w
_ amt c a
wa (R /R ) +w
a w a

P (6.38)

Pressure drop through ball-like products

In chapter 5, when the velocity of air in the micro-climate was calculated, a pressure-
velocity relation was made use of. It was assumed that the friction force produced by the
ball-like products dominates the momentum transport in the micro-climate and thus inertia
force was just neglected. The air flow in the micro-climate is more or less like a flow
through a porous object. Fockens derived a correlation to calculate the pressure drop of a
bed of balls by setting up two models: channel model and ball model. He demonstrated that
these two models were able to give the same correlation as follows

nL (-ef L1 I-e

2
= k 7 3¢
AP k1 Z v0 63 + D2 p Vo . (6.39)

This correlation is valid for both laminar and turbulent flows. The check of flow patterns is
based on a Reynolds number defined as Reo =v, D d/ v . The constants k1 and k2 need to be
pro

determined experimentally and related to the surface roughness and shape of the products, and
Fockens suggested k/ =150 and k2 =3.5.

6.5.2 Macro-climate
Heat transfer coefficient between the air and walls

In the macro-climate, the air is in contact with the walls of the room and the product boxes.
If neglecting natural convection effect, the heat transfer between the air and walls can be
regarded as a forced convection problem along a fixed plate. Smith et al [6.36] give an
analytical solution to this problem. The overall heat transfer coefficient of a plate with
length of L is

Nu=028Re” P’ (6.40)



where L is the characteristic dimension in the Reynolds number and Nusselt number. Because
the air velocity varies in places in the room, a module-velocity should be used to calculate
the Reynolds number in (6.40):

ve(v +v +v )7 (6.41)
1 2 3

Concerned with moisture transfer, it is postulated that all the solid wall are impervious to
water vapour.

6.5.3 Outside of the room

There are two components in the heat transfer from the atmospheric surrounding to the
refrigerated room: heat from the air by natural convection; heat from the sun by radiation.
To determine these two components, information is needed about weather and the position of
the earth. Detailed recordings as well as calculations about them can be found in [6.37].
Here we assume the atmospheric temperature and the solar radiations to each of the six walls
of the room are well known. Meanwhile, it is assumed that there is no wind (if there is wind
and the heat transfer on the outside surface of the room is in forced convection, Eq. (6.40)
can be put in use).

Natural convective heat transfer coefficient between the room's walls and air

The refrigerated room has four vertical walls and two horizontal walls. If the temperature of
the wall surface and the atmospheric temperatures are known, the natural convective heat
transfer coefficient between the walls and surrounding air can be calculated by using the
correlations given in [6.22], which are subjected to vertical as well as horizontal plates.

Vertical plate:

0.387 Ra"°
Nu={0.825+ } (6.42)

9/ 16 8127

[1+(0.492/Pr) ]

This correlation is valid for both laminar and turbulent flows with Ra = 0 - 1012 and Pr=20
- =, The characteristic length is the height of the plate.

Horizontal plate:
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0.700 Ram (laminar flow, Ra < 4E7)

Nu = (6.43)

0.155Ra’” (turbulent flow, Ra = 4E7)

This correlation is valid for the case that air is above the horizontal plate. The used
characteristic dimension should be the average of the length and width of the plate.

Absorption and reflection of the walls to the solar radiation

In principle, the solar energy transferred to an object can be divided into three parts:
absorbed, penetrating, and reflected. In case of solid objects, the penetration rate of solar
radiation is almost null. Thus

(6.44)

=Q +Q
solar,tot solar,ref solar,abs

The absorbed energy is quickly transformed into heat energy within a very short distance in
the wall behind the surface. The absorption rate of a material is defined as the ratio of

to Q and depends upon the roughness, physical properties, surface
solar,abs solar,tot

temperature of the plate and the radiation wave length. The details on this problem can be
found in [6.38].

6.6 Closure

Above all the transfer coefficients, which are used in the steady-state and dynamic modelling
of the refrigeration system, have been described and the appropriate correlations have been
selected from the literature. These are programmed as auxiliary subroutines in the simulation
codes. However, as pointed out before, the selected correlations are obtained by different
investigators based on different experimental conditions. The validation to them is always
required in order to make reliable simulations under the concerned specific operation
conditions. The next chapter is therefore devoted to this part of work.
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Chapter
SEVEN
Validation of the Models

7.1 General

By so far, the theoretical part of the investigation has been described, which is composed of
the steady-state and non-steady-state modelling of the refrigerating machine and refrigerated
room. In principle, the models developed in the preceding chapters are based on the
fundamental laws of physics and therefore should correctly predict the real behaviour of the
system. However, such an inference is mostly not true in practice. There are two reasons for
it: 1) in making the models, the fundamental laws were not exactly applied. To overcome the
difficulties in solving the governing equations, assumptions are always necessary. For
example, we have assumed that the superheated vapour in the condensation zone of the
condenser was perfectly mixed in order to derive an ordinary differential equation that is
much easier to be solved than a partial differential equation. 2) although the models are on
the basis of the physical rules, they are not completely "white". A certain number of
empirical or semi-empirical correlations to calculate the transfer coefficients for heat,
mass and momentum exist in the models. Those correlations are usually obtained by other
investigators under the specific experimental circumstances of their own. Even though we have
attempted to select those which have similar operational conditions to ours, deviations are
almost unavoidable. Moreover, the correlations themselves are not 100 % accurate. From this
point of view, we may say that our models are in fact "grey" models. Therefore, experimental
validation of the models is necessary before they can be put to use. This chapter is intended
to fulfill this task.



7.2 Contents of the experiments

Steady-state experiments for the determination of empirical constants

In order to guarantee a wide validation range of the empirical constants to be determined,
the experimental conditions are required to scatter and the number of steady-state tests have
to be large enough. Only with a number of representing test data, can a regression process
result in a good fitting for the correlation which includes empirical constants. Thus we
decided to do 10 steady-state tests with cyclic refrigerant mass flow rate varying from £20
g/s to 90 g/s.

Steady-state experiments to validate the steady-state models

This group of experiments is intended to check the steady-state models which have been
supplemented with empirical constants determined experimentally. The requirements towards
this set of tests are almost the same as above. However, a validation is not a fitting
process but a comparison. Thus a great number of steady-state tests are not necessarily
required. In our case, 6 sets were planned.

Non-steady-state experiments to validate the dynamic models

The non-steady-state experiments are the main part of our experimental work. In contrast with
the steady-state tests, a non-steady-state test should consist of three stages:
initialization, stimulation, and response. All these three stages have to be recorded with
respect to time during the test. Usually, step changes are used as stimuli just for the
purpose of validation of a dynamic model. The number of non-steady-state tests are thus
counted with the number of step changes. In our case, 5 types of step changes were schemed.

Measurement of the air flow pattern in a cold room

This experiment is particularly aimed at checking the application of PHOENICS to a
refrigerated room. Different from the other experiments, the measurement of air flow is
carried out in a spatial domain instead of time. For a certain cold room with a constant
ventilation rate and a chosen arrangement of products, its flow pattern is almost monotonous
and therefore the measurement can be steady-state.

7.3  Description of the experiment plant

In order to fulfill the experiments listed above, a sophisticated test plant has been set up
in the laboratory. This plant has five main components: evaporator, condenser, compressor,
thermostatic expansion valve, and cold room. Besides, a number of auxiliary devices are
assembled on the plant for the purposes of safety, control and measurement. Several
possibilities to change operation conditions are also provided, which include rotational
speed of the compressor, electrical input of the heating, water supply of the condenser,
screw position of the TEV. To realise automatic capacity controls, the plant is rigged with a
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two-stage thermostat. Because of the cost of loads or dummy loads, an empty cold room
containing several obstacles is used for the validation of the air flow pattern. Fig. 7-1
shows the scheme and the specifications of the test plant and Fig. 7-2 is its photograph.

Fig.7-2 Photograph of the test plant.

7.4 Measurement instruments

Temperature

Copper-Constantan thermocouples are used as the temperature measurement device. All the
thermocouple threads are connected to the datalogue which internally has an electronic zero-
point compensation and can register signals with minimum voltage: 1 pV. This type of
thermocouples have an accuracy of 0.1 °C (note: all the accuracy figures presented in this
thesis are in terms of standard deviation). However, depending on the way of fitting, a
systematic error due to the thermal conductivity of the probe is to be expected. From earlier
research it follows that this error does not exceed +0.1 °C for those lower than ambient
temperature and -0.1 °C for those higher than ambient temperature.
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Pressure

Pressures are measured with strain gauge pressure transducers (Transamerica, type BHL-4000).
The accuracy of this type of pressure transducers is: full range output: 5V + 1% at +25°C and
rated supply. In our case, the pressure transducers measuring the compressor suction pressure
and the evaporator inlet and outlet pressures have a pressure full-range: 0 - 5 bar; the one
measuring the compressor discharge pressure has a pressure full-range: O - 20 bar. Pressure
measurement using this type of transducers may be suitable in the determination of low side
pressures, such as the compressor suction pressure, but not for the compressor discharge
pressure. The reason for this is that 1% of deviation of the output voltage corresponds to
0.05 bar of pressure for a pressure full-range: 0-5 bar, and 0.2 bar for a pressure full-
range: 0-20 bar. Therefore, for high pressure measurements, this type of pressure transducer
is actually inaccurate. However, we did not have alternatives in the circumstance concerned.

Flow

Two types of flow meters are applied: float type and orifice type. The float type {low meters
are used to measure the water flow and steady-state refrigerant flow. While, the orifice type
flow meters are for measuring the gas and liquid refrigerant flows under dynamic conditions,
because they can output analogue signals continuously. The orifice flow meters are calibrated
with one of the float flow meters.

The float flow meters are the Fischer & Porter variable area flow meters (Model 10A5000 and
1-A3500) with an accuracy of 1% of maximum flow rate. In our case, the float flow meter
measuring the refrigerant flow has a maximum flow rate of 254 liter/hour for R12: that
measuring the water flow has a maximum flow rate of 1355 liter/hour for water.

The orifice flow meters consists of a Viertelkreissdiise orifice (Model DIN 1952) and an
Alphaline VAP flow transmitter (Model 1151DP) made by Rosemount Inc.. The accuracy of the
flow meters is +0.25% of calibrated span for a range of 20% to 100% of flow (the output is
linear with the input pressure for the range of 0% to 20% of flow). Because the orifice flow
meters are calibrated by the float flow meter with maximum flow rate: 254 liter/hour, the
calibrated span is 0 - 254 liter/hour.

Air velocity

For measuring air velocities, a hot wire anemometer is put in use. Its main advantages are:
the probe is very small (diameter 5 pm) so that the flow pattern to be measured is not
influenced by the probe itself; the probe responses very fast and is also sensitive so that
air flows with high turbulent frequency or low velocity can be measured. The calibration of
the anemometer was done in a wind tunnel (maximum velocity 8 m/s) with a pito-meter. The
calibration accuracy was 8%.




Air humidity

Air humidity measurements are necessary for the validation of the evaporator models which
account for air de-humidification. The humidity of air is measured with a MBW dew-point
indicator (model DP 3) which has the working range of -40 °C to 60 °C and the accuracy of
+0.4 °C. The measuring principle is that the air to be measured is directed over a mirror
cooled by a Peltier battery down to the temperature of which dew or ice falls out and the
measured mirror temperature corresponds with the dew point of the air. To establish a
constant dew density, a monitoring device consisting of a photoelectric arrangement controls
the Peltier battery current until equilibrium is reached. With the measured air temperature
at the same point, the relative humidity can be calculated.

Shaft power

A Kyowa torque transducer (model TP-10KMCB) is arranged to measure the instantaneous shaft
power of the compressor. The output signal of the transducer is integrated and averaged every
2 seconds by an analog integrator and then transmitted to the datalogue. The product of the
measured shaft torque and rotational speed is then the shaft power of the compressor.

Rotational speed

A Philips timer/counter (model PM6624) is used to measure the rotational speed of the
compressor, which has a frequency range up to 80 MHz and is able to measure frequency, ratio,
period, time interval. The accuracy of this instrument is £1 count + time base error.

7.5 Determination of several empirical constants

As stated before, the theoretical models always include a certain amount of empirical
constants which are difficult to obtain from the basic physical equations, such as mass and
energy conservation equations. Thus experiments are needed to determine them. Usually,
empirical constants can be classified into three groups: 1) the constants which have already
been determined by the precedent investigators through their own experiments. This type of
empirical constants can be found in the correspondent literature and usually do not need to
be re-checked with extra experiments. 2) the constants which have ever been found by others,
but under different operation conditions than the applied situations. In other words, the
validation ranges of the constants are incompatible with the applied situations. Then,
experiments are necessary in this case. 3) the constants which are to a large extent
dependent on the concrete plants themselves, for instance, the constants encountered in the
correlations for calculating the pressure losses on the connection lines. Different plants
would have different connection circuits and thus different pressure drops on them. In this
case, experiments should be done on the concerned plant and the obtained data are only
applicable to this plant.

158




Tab.

7-1 Experimental results for determining the empirical constants.

Items test  test2  test3  test4  testS  lest6  test7 st wst9 o test 10
Compressor:

Tri  (°C) 1.00 12,10 5.10 16.12  4.28 11.77  7.29 1598 216 -2.50
Tro (°C) 8498 70.34 8746 8934 7540 8350 8243 6627 7439 95062
Pri  (bar) 1150 2289 1494 2343 1.575 2.124 1.58 2677 1475 0924
Pro (bar) 8771 8.648 8944 11.19 8208 10.205 7.442 8260 7993  7.578
mr (g/s) 2160  53.60 53.00 8530 3350 6880 7190 6830 3210 3490
W (kw) 1.386 1934 2935 4.020 1.617 3.063 3404 1729 1574 2493
RPM (1/min) 703.0 704.6 11964 1198.8 7046 10213 1384.0 715.0 7117 13890
Condenser:

Tri (°C) 71.18 65,10 79.78 8464 6690 7810 77.26 6270 6539 84.14
Tro (°C) 3390 3420 35.16 4474 3230 4087 2630 3040 28.10 2791
Twi  (°C) 1872  18.18 1840 18.60 1822 1850 20.62 21.60 20.64 22,62
Tweo (°C) 37.60  35.14 37.20 46.88 33,94 4270 29.22 33,19 3198  30.68
mw  (g/s) 31.0 1048 972 1024 1067 89.6 346.0 2220  110.0  182.0
Hiev  (m) 0.039 0039 0.039 0039 0039 0039 0039 0039 0039 0.039
TEV

Tri (C) 29.52 3242 3294 4286 29.60 38.83 2534 2942 2576 2560
Tre (°C) -19.86 1.24 526 1020 -11.10 3.63 -1.78 0 715 -13.02 -17.02
Pro (bar) 8438 8.165 8462 10426 7.838 9.606 6856 7.672 7.622 7202
mr (gls) 2160 53.60 53.00 8530 3350 6880 7190 6830 32.10 3490
Evaporator:

Tri (C) 2196 -1.37  -10.79 4.51 -13.41 -177 -6.89 524 -15.31 -22.78
Tre (C) -3.44 1222 460 18.10  2.22 12.27  7.61 1717 048  -5.37
Pro  (bar) 1.229 2,717 1.833 3201 1.720 2616 2115 3392 1616 1.140
Tai  (C) -1.27 1552 798 23.16 4.81 16.67 1196 21.32 235 -1.03
Tao (°C) 286 11.02  3.62 15.61  2.26 10.75  5.52 1494 -0.38  -5.12
dai (%) 60.52 44.68 41.23 3506 5396 39.18 3745 4199 5522  50.63
Va (m'/s)y 1172 1.172 1172 1172 1172 1172 1172 1172 1172 1172
Cold Room:

Tamb  (°C) 2595 2395 2495 2545 2525 26,10 2775 2800 27.05 2840
Qhear  (kw) 1.195 6.036 6.036 10886 3.116 8886 886 8886 3116 3116
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Therefore, the prepared test plant was firstly used to determine the empirical constants
mentioned above. The simple way to find those constants is to make a number of steady-state
tests which should be so scattered that most of the normally encountered operation conditions
are covered. In our case, 10 steady-state tests were made. Since we have arranged quite
enough measuring points for all kinds of quantities, all the uncertain empirical constants
involved in the previous chapters can be entirely determined with the 10 groups of
experimental data. Tab. 7-1 shows the test results as well as the ambient conditions.

The above experimental data are intended to determine the following empirical constants:

- the constants A, B, m in Egs. (6.31) and (6.32) which calculate the heat transfer
and pressure drops along the connection lines.

- the constants a, b in Eqgs. (6.4) and (6.9) which calculate the heat transfer
coefficient in the two-phase flow region of the evaporator.

- the constant ¢ in Eq. (6.11) which calculates the pressure drop in the two-phase flow
region of the evaporator.

- the interfacial momentum-transport coefficient fi in Eq. (2.9).

7.5.1 Constants A, B, min Egs. (6.31) and (6.32)

As the connection lines of a refrigerating system are very different and complex, we intend
to use two simple correlations as (6.31) and (6.32) to calculate the heat transfer and
pressure drops on them, although it is possible to separately consider all the elements, such
as valves, measuring instruments, pipes, on the connection lines. However, the generality of
Egs. (6.31), (6.32) requires three constants to be fixed through experiments. In a normal
refrigerating system as shown in Fig. 7-1, the connection lines can be divided into four
parts: between compressor and condenser; between condenser and TEV; between TEV and
evaporator; between evapporator and compressor. These four parts thus need different
constants.

The determination of A in Eq. (6.31) is based on the energy balance principle as follows

A105(T +T )-T J=m¢(h -h ) (7.1
1ro 2.ri amb r

Lro 2.

where "1" and "2" represents the components connected by the connection line concerned. As
the inlet and outlet properties as well as the mass flow rate of the refrigerant are measured
through the experiments, the constant A can be easily figured out. The 10 sets of experiments
can provide 10 different constants. But we make use of the average of the ten.
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Fig. 7-3 Experimentally fitted curves of the correlations between pressure drop and

mass flow rate on the connection lines (x = 1000 m/v P).

Between the compressor and condenser
Besides the pipe, there is also an oil separator between the compressor and condenser. The
following correlation for calculating the pressure drop is obtained from regressing the 10

sets of test results (see Fig. 7-3a).

AP = 6828.1 (1000 m/p” )™ (7.2)

comp-cond

where p is the refrigerant density referred at the inlet of the condenser.
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For sake of simplicity, the heat transfer through this line to the ambiance is included in
the compressor model. Thus the discharge temperature calculated by the compressor model is
regarded as the condenser inlet temperature.

Between the condenser and TEV

The connection line between these two components is rather long and complicated. However, the
refrigerant flow is of single-phase and thus simple. Fig. 7-3b is the fitted curve of the
relation between the pressure drop and mass flow rate. The curve is expressed in the
following formula.

AP =20673.4 (1000 m/p”>) " (1.3)

cond-tev
The density used above is calculated at the outlet of the condenser.
The constant A for calculating the heat transfer is determined as 0.0308 (kw/*C).
Between the TEV and evaporator

Although the pipe between these two components is very short, the velocity of the refrigerant
flow is quite high because of the refrigerant flashing. Moreover, the flow is in form of two-
phase. The pressure drop in this part of line to some extent influences the distribution of
refrigerant to the evaporator circuits (see [7.1]). Based on the test results shown above,
the following correlation has been obtained (also see Fig. 7-3c¢).

AP = 607.3 (1000 m/p”y" " (7.4)

tev-evap
where p is calculated at the inlet of the evaporator as below

1

Y (7.5)

= x/p + (1-x)/p
Y !

As this part of line is insulated very well and short, the heat transfer is neglected in the
model.

Between the evaporator and compressor
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As there is a safety valve on the line, the pressure drop is considerably large, which
results in a big influence on the suction state and mass flow rate of the compressor. In most
cases, the pressure drop on this connection line surpasses that in the evaporator and
therefore the latter seems to be less important in calculating the suction pressure. Viewing
at this point, a proper consideration and prediction of the pressure of this part is rather
decisive to the simulation results. The experimental regression formula is as follows (see
Fig. 7-3d)

AP = 49.46 (1000 m/vp_ ) ®* (1.6)

evap-comp

Due to the unknown dynamic behaviour of the safety valve, we have experienced that the
pressure drop during dynamic processes is likely to be unstable. Thus, Eq. (7-6) sometimes,
such as, during on-off processes, cannot deliver a good prediction. Nevertheless, the safety
valve is not a standard component in a refrigerating system. Thus we did not pay too much
attention to it. For the dynamic validation of the model in 7.7, the measured pressure drop
between the evaporator and compressor will be used anyhow, in order to avoid the uncertainty.

The constant A for calculating the heat transfer is determined as 0.0024 (kW/°C).
7.5.2 Constants a, b, ¢ in Egs. (6.4), (6.9), (6.11)

As the evaporator used in the test plant is a normal air cooler instead of a plant specially
for testing heat transfer coefficients, the pipe wall temperature and its distribution cannot
be measured. Meanwhile, it is also not possible to exactly measure the heat transfer area,
because the length of evaporation region is not known. What we are able to measure are the
inlet and outlet temperatures, pressures, humidities and so on. In such a case, we have to
presume the other empirical correlations from the literature are correct and only focus on
one or two which are the most suspicious. For the time being, Egs. (6.4), (6.9) and (6.11)
need to be validated through our own experiments. On the basis of the 10 test results, we
have found that Eq. (6.4) with a=3.0 and b=0.45 predicts pretty good local heat transfer
coefficient in the two-phase flow region in the range of mass flow rate from 30 g/s to 100
g/s. However, these two constants cannot be directly used in Eq. (6.9), because the
refrigerant quality is not linearly distributed along the two-phase flow region (see Fig. 7-
4). However, a linear distribution of quality is the condition for deriving Eq.(6.8). Thus,
different a and b rather than 3.0 and 0.45 have to be adopted. We found a=2.7 and b=0.30
result in good predictions.

Even though the pressure drop in the evaporator coils is much less than that of the

connection line between the evaporator and compressor in the case of the present test plant,
it is still important to the bchaviour of the TEV as well as the temperature difference for
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calculating heat transfer. Therefore, Eq. (6.11) to calculate the pressure drop of the two-
phase flow region should be checked also by the experiments. We determined the constant ¢ in
Eq. (6.11) as 0.1 according to the above test results.

5 Quality, Void fraction

void fraction

08
06}
04}
02}
0 . . R . .
0 2 4 6 8 10 12
Pipe length (m)
Fig. 74 Non-linearly distributed quality and void fraction in an evaporator pipe.

7.5.3 Interfacial momentum-transport coefficient fi in Eq. (2.9)

The interfacial momentum-transport coefficient fi mentioned in section 2.5 cannot be
determined with the steady-state tests, because the void fraction model (VFM) is not involved
in the steady-state model. According to the description in chapter 2, the constant fi can
influence the refrigerant liquid mass content inside the evaporator. Thus, if we use a
certain value for fi and run the dynamic model! for a steady-state operation, we can obtain a
certain amount of refrigerant liquid content in the evaporator (when the simulation time is
long enough). Then we suddenly stop the compressor and switch to the off-period simulation.
It is apparent that different amounts of liquid content can lead to different dynamic
processes of the off-period, because the times for evaporating the liquid refrigerant in the
evaporator are different. By comparing a set of experimental results with on-off periods, we
are able to determine a correct fi. Fig.7-5a shows the influence of different fi on the
dynamic behaviour of the evaporator pressure during an off-period. It can be found that the
bigger the interfacial momentum-transport coefficient fi, the quicker the liquid refrigerant
is completely evaporated. A complete evaporation occurs when the refrigerant pressure is
lower than the saturated pressure corresponding to the refrigerant temperature. Clearly,
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fi=300 is a better experiment-fitting choice (in fact, fi=3000 could be also a possible
choice). From Fig. 7-5b, it can be also found that fi does not really affect the on-period
dynamic behaviour (all the lines are almost overlapped), when the compressor is suddenly
started.
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Fig.7-5 Effects of different interfacial momentum-transport coefficient fi on the

pressure behaviour of evaporator during off- and on- periods. a) from on-
period to off-period, b) from off-period to on-period.

165



7.6  Validation of the steady-state model

The steady-state model as an initial program for the dynamic model has been validated with 6
series of tests which have quite wide operational ranges. The comparison between the
simulations and tests is illustrated in Table 7-2. Each of the steady-state tests took about
5 hours with the following parameters kept constant:

- the rotational speed of the compressor

- the mass flow rate of water of the condenser

- the inlet temperature of water of the condenser

- the volume flow of air of the evaporator fans

- the electrical power of the heating in the cold room

- the ambient temperature

Table 7-2 Steady-state behaviour of the refrigerating system from both simulations and
experiments
run 1 run 2 run 3 run 4 run 5 un 6

test simu test simu test simu test simu test  simu test simu

Tei (C) 700 705 |1509 1448 | 660 709 |1660 1557 | 258 3.74 | 224 3.10
o |Te (O 81.12 78.06 |60.05 60.39 |61.00 6235 |60.37 61.69 [60.08 6137 | 81.30 78.86
B|Pri (bar) 1560 1586 |2617 2618 |2163 2221 | 2604 2541 |1.485 1.580 | 1.295 1.340
D {Pro (bar) 8.032 8192 |7.817 7972 [8.139 8333 | 7682 7.860 |6.854 7.128 | 7.892 8.047
Qlm, (g5) 72.00 7080 |67.40 6558 |51.20 5299 | 6420 62.73 |33.30 3596 | 54.60 54.83
gw (kw) 3724 3390 |1603 1964 |1838 1922 | 1726 1.924 [1.491 1.523 | 3.120 2.906
O | Mol 0.723 0.840 0.794 0.837 0.754 0.692
Nag 0.709 0.751 0.733 0.750 0.719 0.700
RMP (1/min)  +}i465.0 14650 [7120 7120 |704.2 7042 | 7110 7110 |704.6 704.6 |1389.01389.0
Ti (€) 8112 7806 |60.05 6039 |61.00 6235 |6037 61.69 [60.60 61.37 | 81.30 78.86
Troi (C) 2839 30.72 |28.30 2078 |29.39 3147 |2800 29.33 [24.90 26.40 | 27.74 30.20
Trv (C) 54.44 45.04 45.20 45.10 39.44 51.74
T (Q) 32.05 31.06 33.09 30.53 27.16 31.58
P (bar) 7.747 7.856 |7.540 7.656 |7.906 8.069 |7.405 7.551 |6.662 6.905 | 7.656 7.760
[ O (kW/m C) 7.578 8.115 9.865 8.111 9.854 8.923
B0, kwm C) 0.0349 0.0328 0.0277 0.0317 0.0203 0.0284
S [Hia (M 390 3.90 0.039 |0.039 0039 |0.039 0039 |0.039 0039 | 0.039 0.039
©|Qc (kw) 11.94 10.30 8.282 9.947 5827 9.308
SMn (ko) 8.112 8.134 8.003 8.145 8.213 8.124
QM (kg) 3.377 3.432 3.650 3.376 3.128 3373
Twi (C) o| 2004 2224 [2169 2169 | 2050 2050 | 2001 2201 |22.10 22.10 | 20.95 20.95
Two (C) 3244 31.80 [31.23 3084 |32.74 3293 |3060 30.12 [26.70 27.03 | 31.67 31.39
Mmw (9%s) <| 2060 2060 {2680 2680 |1580 1580 |2850 2850 |2830 2830 | 2120 2120
Oy (kw/m C) 2525 2.311 1.545 2.415 2325 1.926
Tee (C) 32.02 31.04 33.08 30.51 27.15 31.57
Tp1 (C) 31.25 30.39 3251 20.89 26.85 30.96
T (O 2730 2802 [27.70 26.78 | 27.79 2869 | 2740 26.47 |23.20 25.21 | 26.34 29.34
Tio (C) 110 -043 | 580 6.09 | -1.28 -0.53 778 751 j1268 -11.12 | -7.87 -693
=P, (bar) 7.462 7.547 |7.262 7361 |7.673 7.808 | 7128 7.264 |6.469 6699 | 7.419 7.495
E Pro (ban) 2974 3041 |3716 3.750 [2957 3.031 |3952 3.920 [1.988 2104 | 2361 2440
mre  (gfs) 7200 71.20 |67.40 6574 |51.20 5287 | 6420 6272 [33.30 36.32 | 54.60 54.94
DTSS 12120 2129 |19.48 1948 |17.87 17.87 | 1978 19.78 [22.03 2203 | 21.40 21.40

To be continued
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Continuing

run 1 run 2 run 3 un 4 un s run 6

test  simu test simu test simu test  simu test  simu lest  simu

Tri (C) -6.89 -648 3.96 4.00 -393 -3.19 6.56 593 {1528 -13.72 |-13.46 -13.41
Tie (C) 763 7.78 |16.15 1586 598 6.68 |18.82 1791 | 0.28 1.67 1.46 235

Pri  (bar) 2444 2478 3506 3.511 |2705 2774 [3.805 3.731 [1.806 1.913 | 1.932 1836
Pro (bar) 2113 2.139 {3.271 3272 | 2502 2560 |3581 3528 [1636 1.731 1.658 1.703

[ Olo.ph (kw/m C) 0.603 0.551 0.470 0.528 0.157 0.494
Be) Oly.ph (kw/m C) 0.179 0.174 0.142 0.169 0.0102 0.144
S Levap (m) 6.274 8602 8.636 8.608 9.119 4.782
8_ Tai (C) 1228 1218 |20.30 19.92 9.12 949 [ 2286 2189 | 3.26 3.28 506 622
g Tae (C) 544 573 |1397 1334 | 450 488 |1621 1530 {038 019 | -001 1.10
Ly (%) 35.05 3443 |41.52 4062 |49.63 47.34 4174 4346 5483 5469 | 4213 38.51
Qao (%) 55.81 53.22 {61.98 6166 |66.34 64.86 (6310 6558 [67.52 68.26 | 58.25 55.23
Oas (kw/m C) 0.508 0.501 0.511 0.499 0.516 0.514

S (m) 0.000 0.000 [0.000 0.000 |0.000 0.000 | 0.000 0.000 [0.000 0.000 | 0.000 0.000

Y’a (m/s) 11172 1172 |[1.472 1472 | 1172 1472 1172 1472 172 1472 | 1172 1472
Qa_ (kw) 9.197 8.603 6.951 8.279 4.607 7.663

e éheat(kW) *1 9.046 9.145 |9.046 9489 ] 6.196 6.581 9.046 9379 [3.276 4408 | 6.196 7.220
O | Twin (C) 12.67 20.07 10.20 21.86 419 713
g Twou ( C) 18.93 21.87 18.88 22.77 1513 18.45
Tav (C) *12460 2460 |23.50 2350 |26.75 26.75 |23.60 2360 |[2505 25.05 | 28.70 28.70

The real measurement time was however 10 minutes during which the datalogue sampled once
every 8 seconds. The averaged values of the samples were taken as the final measurement
results. As there was no special water supply to humidify the inside air of the cold room,
the air was almost dry after 5 hours of refrigeration. Thus no water condensation took place
on the outside surface of the evaporator. No water supply was installed because real products
generating water vapour were impossible to be used in the laboratory (deteriorating too
quickly) and dummy products were too expensive. This was accepted for lack of time. The model
is, in fact, able to solve instantaneous heat and moisture transfer, but could not be
validated for the latter. Thus further investigations and lests are necessary. Moreover,
frost-formation was avoided in the experiments since the model temporarily cannot yet tackle
1t.

The steady-state simulations were carried out corresponding to the experiments on a SUN work-
station (386i). For one complete simulation, it needs 20 minutes of CPU with the iteration
accuracy: 0.1 °C for temperature; 0.05 bar for pressure; 1.c-4 kg/kg for absolute humidity;
and 1.0% for energy balance. Generally speaking, the simulation results are in pretty good
agreement with the experimental ones. The several relatively obvious disagreements can be
explained as follows.

- The predicted compressor shaft power as shown in Table 7-2 is £10% different from the

measured. There could be two reasons for it: a) the fitted performance curve for the
compressor based on the experimental results might be not accurate enough; b) the assumption,
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that the adiabatic shaft power efficiency is only dependent on pressure ratio, is not very
true. The details on the compressor modelling can be found in Appendix 1.

- The predicted subcooling temperature is higher than the measured by +2 °C, This deviation
can be explained by the low refrigerant side heat transfer coefficient.

- The predicted refrigeration capacity of the evaporator is sometimes different from the
predicted heat load of the cold room. The reason is that the iterative convergence in steady-
state simulations is controlled by checking the temperature difference (0.1 °C check
accuracy, see chapter 4) in the model. Although 0.1 °C is quite small for temperature, its
effect on the air side heat balance is still considerable. Therefore, it is suggested to
directly check the air side heat balance to control the convergence for stead-state
simulations.

- The predicted heat load for the cold room is higher than the measured specially when the
air temperature is very low, because the heat leakage through the room walls is not taken
into account in the experiments. However, under very low inside temperatures, this amount of
heat is quite considerable.

7.7 Validation of the dynamic model

One of the most effective methods to check a dynamic model is to compare the responses of the
system to a step change stimulus from both simulations and experiments. The step changes
should be pratically typical to the concerned system. In the case of refrigerating systems,
four types of step change are interesting:

a) step change of the rotational speed of compressor
b) turn-off of the system
) turn-on of the system

d) step change of the heat load supplied to the system

These step changes are the basic elements encountered in the commonly used refrigeration
control systems, such as, on-off, multi-stage variation of RPM, continuous variation of RPM.
Therefore if our model is able to pass the validations with all the types of step changes
mentioned above, it can be applied to study the system performance under non-steady-state
conditions with variable refrigeration loads and control devices.

In the following figures, the fitted curve for the compressor shaft power is not used to

calculate the C.O.P., because of its inaccuracy in he lower region. Instead, the measured
values are used for the purpose.
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A step increase of the rotational speed of the compressor

The first test for the validation of the dynamic model is one with a step increase of the
rotational speed of the compressor. This step change was realised with the help of a
potential meter connected to the power line of the compressor motor. The changed value of the
rotational speed was measured by the PHILIPS timer meter (see section 7.4). To avoid the
disturbances from the previous non-steady-state conditions, the system was operated under a
constant surrounding condition for 5 hours until a steady-state was reached. After about 5
minutes of recording the steady-state conditions, the step change was imposed and the dynamic
behaviour was recorded by the datalogue every 8 seconds. The measurement lasted about half an
hour.

Similar to the test, the simulation was started with a pre-prediction by using the steady-
state model in order to obtain a good initial condition for the dynamic model. Then the
dynamic model was initiated under the same surrounding conditions, that is, to simulate a
steady-state operation using the dynamic model. Such a simulation was carried on until the
non-steady-state behaviour disappeared. At the very moment, the same step change of the
rotational speed of the compressor as during the test was imposed to the simulation. In order
to save the computational times, different integration time increments were adopted for the
components. For example, a time step of 8 seconds was used for the cold room, because it has
relatively slower transient behaviour. And 1.6 seconds was used for the evaporator, while 0.2
second was for the condenser. The reason that the smallest time step was applied to the
condenser was because of the specific operation conditions of the condenser. It was found
that the last several water passes of the condenser had a pipe wall temperature very close to
the condensation temperature. Thus if a too big time step had been used, the pipe wall
temperature would have been higher than the condensation temperature and there would be no
condensation occurring on these pipes. This phenomenon would lead to an instability of the
simulation.

Fig.7-6 presents the experiment and simulation results. The step change of the rotational
speed of the compressor was from 712 (1/min) to 1463 (1/min). The heat transfer of the
evaporator Qevap was calculated based on the inlet and outlet temperature difference of the
air. The heat transfer of the condenser Qcond was according to the inlet and outlet
temperature difference of the cooling water. Accordingly the C.O.P shown in the figure is of
the air-side.

The comparison of the test and simulation results shows a rather good agreement. However,
some deviations can be seen either. For instance, the predicted inlet refrigerant temperature
of the evaporator is different from the experiment by almost 4 *C and the simulated discharge
temperature of the compressor has much quicker behaviour. The air of the evaporator also
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behaves faster than the reality. All these deviations can be explained with the following
arguments:

- After the step change of the compressor RPM, the mass flow rate of refrigerant inside the
evaporator coil is already beyond the validation range of correlation (6.4), so that the
predicted heat transfer coefficient is bigger and accordingly the evaporation temperature is
higher.

- The compressor is considered as an instantaneous element in the model, that means it has
no heat capacity. However, in practice the compressor is built up with quite a lot of metal
which can store heat. Its transient behaviour would make the refrigerant temperature at
discharge react slowly, when the RPM is suddenly increased.

- The thermal masses of the evaporator, such as, those of the coils and fins, are smaller
in the model than in reality. Thus the response of the air to the step change of RPM is too
fast.

A step decrease of the rotational speed of the compressor

This test is just an opposite situation of the first one. The experimental procedure is
exactly the same as above, only except that the rotational speed of the compressor was
changed from 1465 (1/min) to 707 (1/min). Fig. 7-7 shows the comparison between the
experiment and simulation. As the variation of the mass flow rate is within the validation
range of eq. (5.6), the predicted evaporation temperature is in pretty good agreement with
the test. The reasons for the other deviations could be the same as above.

Turn-off and Turn-on of the compressor

This test is a combination of two step changes. Therefore it took longer time (about 3
quarters of an hour) than the others. The preparation for this test was the same as above.
However, at the moment when the recording time was about 5 minutes, the compressor was forced
to stop. At the same time the solenoid-valve (No.11 in Fig. 7-1) was closed so that there was
no mass exchange between the low and high pressure sides. Nevertheless, the water supply to
the condenser, the fans on the evaporator, as well as the heating were continuously in
operation. The off-period took about 25 minutes and then the compressor was started again. At
time = 42 minutes, the whole experiment was stopped.

The simulation of on-off operations is the most difficult, because the variations of the
thermodynamic state of the system are very sharp. Such steeply changing behaviour of the
system necessities a very careful consideration of the integration time step of simulation.
Not only the implementation of the model is difficult, but also the realisation of the
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experiment is not so easy, because, during the very short time of turn-on, some devices
operates abnormally. For instance, the safety valve produces quite larger pressure drop after
a turn-on than it works under steady-state conditions. Another uncertainty is the solenoid-
valve between the condenser and TEV, which probably does not open instantaneously after a
sudden turn-on. However, the dynamic behaviour of these auxiliary devices are not taken into
account in the model. Therefore, the discrepancy of the simulation from the test (see Fig. 7-
8) are not easy to explain. Nonetheless, one phenomenon can still be explained, that is, the
C.O.P difference between the simulation and test at the beginning of the on-period. As the
evaporator thermal mass is too small in the model, the refrigerant temperature decrease at
the beginning of the on-period is immediately transferred to the air side, so that the air
temperature also drops down and the air side C.O.P is higher, according to the model. But in
practice the refrigerant temperature decrease cannot be felt by the air so quickly due o the
large thermal mass of the evaporator. Thus the experimental C.O.P is lower than the simulated
one. The effect of a small thermal mass of the evaporator can also be seen at the beginning
of the off-period. Because of the quick response of the air to the refrigerant side change,
the refrigeration capacity at the beginning of the off-period is smaller than that of the
test. However, the smaller refrigeration capacity at the beginning of the off-period is
compensated by the larger one of the on-period. Therefore, the average C.O.P over a long
time, during which many on-off cycles take place, might not differ in the simulation and
test.

A step increase of the heat load

To emulate the real situations in refrigerated stores, where the heat loads change with the
input and output of products, a step change of the heat load was adopted. The realisation of
this step change was through changing the electrical supply to the heating (No.6 in Fig. 7-2)
from 3.116 kw to 8.886 kw. In this case, the walls of the cold room play an important role,
because the room is almost empty. Thus, when the air temperature is higher than the wall
temperatures, the walls could refrigerate. Fig.7-9 shows the comparison between the
simulation and test. The existing difference of the evaporation temperature is also due to
the small evaporator thermal mass. The deviation of the mass flow rate is then because of the
incorrect evaporation temperature.

A step decrease of the heat load
Fig. 7-10 is the results related to a step decrease of the heat load. It can be found that

the same problems, as in the case of a step increase of the heat load, appear in the
simulation results. Thus the explanation is of the same.
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7.8 Validation of the air flow model (PHOENICS)

To predict the air flow pattern in the cold room, the standard computer package PHEONICS has
been applied. Although this software is widely used in the world today, a specific
application of it, for instance, to the cold room, still neceds more data as well as
validation, because the definition of a concrete problem, which possesses a lot of
assumptions in order to approach the physical object with mathematical equations, is
independent of the computer package itself. For example, in our case, we assumed the air flow
pattern is dominated by forced convection. However, whether or not this assumption is correct
should be checked with experiments. Besides, to implement PHOENICS, some of the boundary
conditions have to be determined through experiments. What is concerned at present 15 the
turbulence intensity of the fans on the evaporator. These two reasons formed the initiative

of the air velocity measurements.

Fig. 7-11 illustrates the dimensions of the cold room of the test plant (see Fig. 7-1). As
the purpose was to validate the model, the room was not loaded with real products. The
emptiness of the room facilitated the measurements very much, because positioning the
anemometer became very easy.
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Fig. 7-11 Dimensions of the cold room
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7.8.1 Measurement of the turbulence intensity produced by the evaporator fans

The air cooler evaporators are usually assembled with propeller fans behind the coils and
fins. The number of fans is dependent on the capacity of the air cooler. The concemned
evaporator possesses two fans with outside diameter 30 cm. Its catalogued air volume flow is
5240 m® /hour. Since the fans are composed of several blades which are not in the form of
stream line, the turbulence of the air flow produced by them is rather intensive, which is
however dampened by the plate-fins and coiled pipes. Because the air cooler was treated as a
block as a whole in the model, the turbulence intensity was measured immediately after the
fins instead of internally.

The turbulence intensity of an air flow is usually represented by two parameters: turbulent
kinetic energy: k, dissipation rate of k: €. In fluid mechanics, k is defined as follows,

k=7 uu’ a.n
1

1
2
where the mean square root deviation of velocity is calculated as below
n

- ]):(u,- ﬁ)z 0.5
u'u'= | —"L_] ' 7.8)

n

and the time-average velocity is

u,
i

n

~p S

=

(1.9)

Technically, the instantaneous velocity u can be measured with a hot wire anemometer,
provided that the sampling frequency is quick enough. Nevertheless, a normal hot wire

. 2 2 205
anemometer can only measure the absolute velocity: U = [u + u + u ] . Thus an
x y z

approximation has to be made toward Eq. (7.7), that is, k = 0.5U'U".

The definition of ¢ is given below:

178




Jou' Ju'. du'du'
i _r __t___1

S:V(aanx,+8x,Bx.) (7.10)
J J J i

From the above equation, it is found that a direct measurement of £ is technically very
difficult, because the velocity gradient is hardly measurable. Therefore, we adopted an
indirect measurement of ¢ value, that is to make use of the Prandtl's mixing length concept.
Between k, € and the Prandtl's mixing length I, there is a correlation (see [7.2])

312
k

e=C " — (7.11)

where C = 0.09 and 1 = 0.09H for a plane jet (H is the jet width).
il

velocity (m/s)
4

average velocity = 2.43 m/s

0.05 0.15 0.25 0.35 0.45 0.55 0.65 0.75 0.85 0.95 1.05 1.15
distance (m)

Fig. 7-12 Velocity distribution along the air cooler.
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Because we are able to measure k and the height of the air cooler can be taken as H, ¢ is
thus easily obtained with Eq. (7.11).

During our experiment, we used a sampling frequency of 250 (1/second). Fig. 7-12 shows the
time-average velocity distribution along the air cooler and Fig. 7-13 gives the instantaneous
velocity. Based on the measured results, the k and ¢ values as well as the average velocity
were calculated.

-2 [

k=0.1266=0.0214U ; €=0.1958=0.0136U; U=243
where U is the average value of velocity calculated from Fig. 7-2.
Besides the air cooler, the fan of the heating was also measured with the following results
2 3

K=03586=00734U ;: €=10226=00947U; U =221

velocity {m/s)

time-mean velocity : 2.93 m/s
turbulent kinetic energy K : 0.2076 J/kg

0 1 1 1 1
0 0.1 0.2 0.3 0.4 0.5

time (second)

Fig.7-13 Instantaneous velocity at the outlet of air cooler.
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7.8.2 Measurement of the air flow

The air flow pattern in the cold room is actually in three dimensions. Measurement of a 3-d
air flow costs a lot of efforts. Thus we attempted to measure the velocities on one "slab" of
the room and to limit the measurement within 2 dimensions. However, because the anemometer
we used is of a conventional type and has a characteristic of direction-dependency. Fig. 7-14
illustrates the effcct of the angle between the hot wire and velocity on the output signal.
It can be found that the anemometer gives a maximum output when it is perpendicular to the
velocity. If the velocity is parallel with the hot wire, the output signal is zero. In other
words, the anemometer always measures the module of two components of a velocity, which are
perpendicular to the hot wire, and the contribution of the third component to the output is
always zero. Therefore, we had to position the anemometer so carefully that it crossed the
selected "slab" by 90° .

We chose plane A-A in Fig. 7-11 as the measurement "slab”, because it most likely represents
the main flow pattern in the room. The measurement was carried out with moving the anemometer
from one point to another and totally 59 points were scanned. The integration time 10 obtain
time-mean velocities was 300 seconds. Fig. 7-15 shows the test results (the upper figures) as
well as the positions of the measurement points.

Output

le
o

0
0 30 60 90 120 150 180
¢
Fig. 7-14 Characteristic of the anemometer.

The simulation was made by applying the PHOENICS package on a SUN 386. The cold room was
modelled as a 3-d flow problem. The measured velocities and turbulent intensities at the air
cooler and heating were directly used as the boundary conditions. The wall boundary
conditions were exactly the same as stated in chapter 5. The grid division was 20x24x20 with
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non-linear distribution (power function) near to the walls. Fig. 7-16 gives the simulation
results: velocity distribution on planes A-A and B-B in Fig. 7-11. To compare the simulation
result with the measurement, the velocity modules on plane A-A were calculated from the
PHOENICS output file. They are also shown in Fig. 7-15 (the figures beneath the test
results).

Y(m)
3.35
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lower: simulation
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0.00 L Jl 1 1 1 L 1 ] 1 L l J 1

0.15  0.40 060 075 090 120 145180 1.90 200 210 220 230 240 250 X(m)

Fig. 7-15 Velocity distributions in the cold room from the measurement and simulation.

From Fig. 7-15, we can find that the main flow pattern shows an agreement between the
simulation and measurement. However, the concrete figures still deviates from each other, at
some points, even considerably. There are several reasons to explain:

- The averaged velocities along the air cooler as well as the heating were used as the

boundary conditions. However, as demonstrated in Fig. 7-12, they are unevenly distributed and
the maximum and minimum values are different by more than 2 m/s. Although plane A-A seems to

182




be in the middle of the air cooler, the measured velocity at height of 1.6 m are higher than
the average value (2.43 m/s), due to the momentum transfer from the neighboring flow.
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Fig.7-16 PHQENICS simulation output. left: flow pattern on plane A-A; right: flow
pattern on plane B-B (see Fig. 7-11).

- The dimensions and positions of the air cooler, heating and obstacle are not exactly
identical in the model and in the reality. This is because the definition of an object in
PHOENICS is on the basis of grids. An exact fitting to the reality is in fact impossible.

- The turbulence model (k-& model) adopted by PHOENICS is not 100% reliable.

- There may be a lot of small eddies in the air flow, which might influence the
measurement. Because the hot wire is very small, sometimes even smaller than the eddies
themselves, it could be located somewhere inside the eddies and then give the very local
velocities instead of the main stream velocities.



From this point of view, we may draw a conclusion that PHOENICS can successfully predict the
main flow patterns in case of refrigerated rooms, but cannot deliver exact velocity values
everywhere in a flow domain. Therefore, attempts to achieve a numerical agreement between
simulation and experiment seem to be impossible. It also has to be pointed out that a good
application of PHOENICS to a refrigerated room requires the air cooler to be experimentally
studied in details, with the emphasis on its turbulence intensity and velocity distribution.
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Chapter
EIGHT
Applications of the Models

8.1 General

As soon as a model is established and validated, it can be used as a flexible "test plant”,
on which various "experiments” or ideas can be realized. Such an "experimental” manner has a
lot of advantages over a real field experiment, such as, economical, flexible, etc.

In the field of refrigeration, the use of mathematical models and computer simulations as
aids in design and optimization is now increasing. The development started with compressor
models (excellently recorded in [8.1]). Then models have been proposed for components such as
evaporators, condensers and also even for complete refrigerating systems. The majority of
such models are steady-state simulation models for design or selection of components.
However, a minority of them allow non-steady-state simulations and the number and importance
of these models are growing.

Following the validation in chapter 7, this chapter is intended to describe the applications
of the models which have been described in chapters 2, 3, 4, 5. In principle, the models
could be used for many purposes related to design and optimization. However, hereafter only
two interesting examples will be given, which are:

a) Prediction of the steady-state distribution of air velocity, temperature and humidity
in a cold store, by using the distributed refrigerated room model;

b) Study of system C.O.P with different capacity control systems, by using the dynamic
models of the evaporator, condenser and refrigerated room, as well as the simple
steady-state models of the TEV and compressor; the latter will be described in the
appendices.



8.2 Prediction of the steady-state distribution of the air
velocity, temperature and humidity in a cold store

As a branch of refrigeration applications, refrigerated storage and transportation of
perishable foods play an important role in human daily life. Especially in the countries,
such as the Netherlands where +10% of the national income are from the production, processing
and transport of agricultural products, the refrigeration applications in this area are very
widespread (see [8.2]). Cold stores are however the basic elements in the distribution
processes of agricultural products from producers and consumers. Thus the investigations on
this subject are very significant.

One of the main problems concerned with a cold store is about how to achieve an even
distribution of air quality inside. Generally speaking, air quality implies the temperature,
humidity, CO, and O, concentrations of air. If the air distribution is not satisfactory and
the air quality somewhere in the store is bad, the stored products may deteriorate quickly.
Therefore many technical measures, such as false ceiling, pressure walls and staggered
pallets (see [8.3], [8.4]), have been adopted to improve the air distributions. However,
using advanced mathematical models to study this problem is just a recent event. Van Gerwen
and Oort [8.5] tried to use PHOENICS to optimize cold stores, for example, determining the
resistance coefficient of pressure wall, the air cooler flow rate, the position of air
cooler, etc. Some practical improvements toward better air distribution and less energy
consumption have been attained. As another contribution to this area, we have used the model
developed in chapter 5 to predict the steady-state distribution of air velocity, temperature
and humidity in a laboratory cold store.

8.2.1 Problem setting
Description of the cold store

The simulated cold store is a 2.8x2.4x2.0 (m’ ) polyurethane-insulated room which contains 24
wooden boxes with electrical heating mats inside. Fig. 8-1 is a photograph of it and Fig. 8-2
shows its dimensions and the arrangement of the boxes. To produce necessary refrigeration, a
small refrigerating system is also built up with an air cooler located inside the room. The
air cooler has three propeller fans behind, to re-circulate the air through and around the
boxes.

Boundary conditions (steady-state):

- air velocity at the outlet of the air cooler: V, 4.0 m/s
- air relative humidity at the outlet of the air cooler: ¢, 60 %
- air temperature at the outlet of the air cooler (measured): T, -3.82°C
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Photograph of the cold room.

Fig. 8-1
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Schematic diagram of the cold store.
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- turbulent kinetic energy at the outlet of the air cooler: k, 0.02v, *

- dissipation rate of k at the outlet of the air cooler: ¢, 0.004V,°’

- ambient temperature: 25°C

- heating load in each box: 0.16 kw
Requirements:

- prediction of the steady-state air flow pattern using PHOENICS
- prediction of the steady-state air temperature distribution using own model
- prediction of the steady-state air humidity distribution using own model

8.2.2 Presentation of the results
the simulation results from PHOENICS are presented in the form of vector arrows and contours.
And the output from our own model as well as the test is shown in grey-level, in order to

illustrate the distribution patterns of temperature and humidity. An overview of the output
is given in Table 8-1.

Table 8-1 Overview of the simulation output from both PHOENICS and own model.

Figure  Source A% P k £ T ¢ Plane in Fig.8-2
8-3 PHOENICS X X X X A-A

8-4 PHOENICS X X X X B-B

8-5 PHOENICS X X X X C-C

8-6 PHOENICS X X X X D-D

8-7 PHOENICS X X X X E-E

8-8 PHOENICS X X X X F-F

8-9 own model X B-B

8-10 own model X B-B

8-11 test X B-B
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value contours (right-bottom) on plane A-A

bottom), pressure contours (left-top), K-value

in Fig. 8-2, plotted by using PHOTON.
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The velocity vectors (left-bottom), pressure contours (left-top), K-value
contours (right-top) and e-value contours (right-bottom) on plane D-D
in Fig. 8-2, plonted by using PHOTON.
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Fig. 8-10 The relative humidity distribution on plane B-B in Fig. 8-2, output
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Fig. §8-11 The temperature distribution on plane B-B in Fig. 8-2, output
Jrom the measurement.
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8.2.3 Discussion and conclusions
On the dominance of forced convection

In chapter 5, we assume that the transport processes in the refrigerated room are dominated
by forced convection so that the governing equations (momentum and energy and mass equations)
can be de-coupled. This modelling strategy is regarded as a solution to reduce the long
computational times. However, this assumption requires a condition to be satisfied, that is,
the dimensionless parameter Gr/Re® should be small enough. The details on this problem can be
found in section 5.6.

In section 8.2.2, the distributions of air velocity, temperature and humidity in the cold
room have been predicted by using PHOENICS and our own model. Now it is the time to check
whether the criterion is satisfied or not. Eq. 5.57 gives the method of calculating the
dimensionless parameter Gr/Re’ . For the calculation, the local values of air velocity and
temperature are needed. The calculated dimensionless parameter is then different at different
places. To be simple, we select the boundary faces of the elements (see Fig. 8-9) as the
places on which the parameter is calculated. Fig. 8-12 gives the local values of Gr/Re® , from
which it can be found:

0.001 0.001  0.002 0.001 0.001 0.001
air cooler | ] | I [ I
0.202 0.124 0.199 0193 1.205 1.488
[ | | I | ]
{ | | I [ ]
0.376 0130 0.241 0.257 0834 1.309
| ] [ | | |
[ ] I | | I
0.714 0103 0136 box 0231 0339 1.062
[ | | ] | }
| I [ I | |
0.719 0.148 0273 0.235 0.344 1.013
| | | | ] |
Fig. 8-12 Local values of the dimensionless parameter Gr/Re® introduced in section 5.6,
GriRe >>1:  free convection is dominant;
GriRe* =1: free and forced convections are of comparable magnitude,
GriRe << I: forced convection is dominant.

- In the macro-climate (outside the boxes), Gr/Re* is very small and thus the de-
coupling of the governing equations is out of question. Thus the strategy of
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predicting the main flow pattern by using PHOENICS without considering temperature
influences is correct.

- However, at the boundary between the macro-climate and micro-climate, Gr/Re’ is
around 1; according to the criterion mentioned in section 5.6, the free and forced
convections are of the same magnitude. The reason for this is that we use electrical
mats to substitute real products which in fact generate much less heat than what is
input to the mats. However, the air velocity through the empty boxes as used in the
present cold store is higher than that through boxes filled with real products. From
this point of view, we think that the values shown in Fig. 8-12 might be in the same
order as real situations. Therefore, further investigations are needed to study the
transport processes between macro-climate and micro-climate.

On the computational times

Using PHOENICS is a good approach to predict 3-d flow patterns in cold stores. But the
computational times are considerable long: a job with 15x23x36 grids and 300 sweeps costs £35
hours of CPU on a SUN 3/60 with operating system OS 4.03.

8.3 Study of C.O.P with different capacity control systems

As the second application example, the study of system C.O.P with different capacity control
systems is described now. A better control system is essential to a refrigerating system when
it operates under variable loading conditions and its performance and efficiency are
concerned. In the past years, quite a lot of investigations have been done on this aspect.
For example, Wong et al [8.6, 8.7, 8.8, 8.9] studied the influence of a control system on the
system transients, reliability and energy costs. An experimental rig and an analytical model
were simultaneously developed to study the behaviour of a liquid chilling system. The
experimental results using variable compressor speed to affect capacity changes showed
significant energy savings, although operating problems at low speed were not fully resolved.
It was also found that set point accuracy and stability could be achieved at the expense of
energy consumption requirement. However they did not pay much attention to compressor on-off
control, although this type of control is still one of the most popular in refrigeration.
Concerned with compressor on-off control systems, Kruse et al [8.10} compared two on-off
control strategies with different on-cycle lengths, that means two compressor speeds. Their
conclusion was that decreasing on-cycle length should lead to lower mean temperature
difference between evaporator and condenser and thus lead to higher values of C.O.P. However,
they also pointed out that some other investigations resulted in an opposite conclusion. They
were doubted about that probably other factors influencing C.O.P also played a role, for
instance heat losses during off-period.
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Related to the matter on the effects of thermal mass (defined as the product of specific heat
capacity and density) of each component on system C.O.P, no publications have been even found
until now. It is obvious that more investigations are still needed in this area.

The application of the dynamic evaporator, condenser and cold room models (see chapters
2,3,5) combined with the steady-state TEV and compressor model (see Appendices 1, 2) to
investigate the control problems in refrigerating systems consist of a number of simulations
with different control strategies and thermal masses, as shown in Table 8-2. The simulation
results are grouped into three categories (distinguished with G1, G2, G3 in Table. 8-2) in
order to make a clear comparison. The control loop is illustrated in Fig. 8-13, which is a
feedback system. The compressor rotational speed is supposed to be changeable in steps or
continuously and the temperature sensor is presumed to be instantaneous and located at the
returning point of the warmm air. The refrigerating system and cold room have the same
dimensions and specifications as the experimental plant in chapter 7. Below are the separate
descriptions of the three categories of simulation results.

Table 8-2 Combinations of different control systems with different thermal masses.
normal 2xCp (evap.) 2xCp (room) 5xCp (room)

on-off (rpm=700) G2.1

on-off (rpm=1195) Base G3.1 G3.2 G3.3

two-stage (rpm=100, 1195)  G2.2

P control (gain=300) Gl.1

PI control (gain=300) G1.2

normal: the specific heat capacity of each component is that of the test plant shown in Fig. 7-1;

2xCp (evap.):  the specific heat capacity of the evaporator pipes and fins is twice as much as the
normal one;

2xCp (room): the specific heat capacity of the room's wall is twice as much as the normal one;
5xCp (room):  the specific heat capacity of the room's wall is 5 times as much as the normal one.

8.3.1 Group G1: on-off (rpm=1195), P and PI control systems
In order to initiate control action, there must be a difference between the instantaneous

value of the controlled condition and its desired value, that is, there must be a deviation.
The relationship between the deviation and the signal sent from the logic element to the
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correcting element determines the control action. The commonly encountered control actions
are on-off, proportional (P) and proportional plus integral (PI) actions.

E]

3

£

1%

— . . Output
Seting_ ™) Logic Element Refrigerating | S%AT | 0014 Room e
_ System
T Warm Air
Sensor
Fig.8-13 The control system to which the models are applied.

On-off control is the most primitive form but with the minimum initial cost. In this control,
the correcting element can assume one of the two positions (on and off) according to the
requirements of the process. In our case, the requirement is that thc rcturning air
temperature should be within a certain range around the setting value. However, for an on-off
controller, small deviations from the desired value causes just as much movement of the
correcting element as large deviations and therefore the controlled condition has a permanent
oscillation. To overcome this disadvantage of on-off control, proportional control is
proposed.

In this control, the position of the correcting element is directly related to the deviation
within a proportional band. Mathematically, proportional control action is described by the
following equation (see Fig. 8-14):

R (T<T )
low low
R = R+K (T-T ) (T <T<T ) (8.1)
0 1 desire {ow high
R (T=T )
high high

where R is supposed to be the rotational speed of the compressor. The proportional band is

defined as [Th' W TI ] and K, is called "gain". A very small proportional band is obviously
ig ow

tending towards on-off control action. On the other hand, a very wide proportional band may
result in sluggish control, the controlled condition not being restored to the desired value
quickly enough following a disturbance. Another disadvantage of proportional control is its
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inability to accommodate load change without sustained deviation, usually called "offset".
Thus integral action is added to proportional control, which is called proportional plus
integral control or PI control.

Ry
Rhigh
Tiow Taesire Thign T
Fig. 8-14 Proportional function employed in a P control system.

In PI control, the position of the correcting element is proportional to the magnitude as
well as the duration of the deviation. Mathematically, it can be described by the following
equation:

t
= T- K T- 2
R Ro * KJ ( Tdesire) * 0 j0( Tde.s'ire)dt 8.2)

where KI / Ko is called integral action time.

We have programmed these three control actions together with our own models. Following +5
minutes of steady-state running, the heat load of the electrical heating is suddenly
decreased by 50% and at the same time, the programmed control action is in operation. Three
simulations with respect to the three control strategies have been carried out and the
results are shown in Fig. 8-15. It can be found that PI control is the most efficient and
accurate. Not only is the returning air temperature (controlled condition) best controlled,
but also the room wall temperature, which could be considered as product temperature in the
case of an empty room, shows a good trajectory. The average C.O.P of PI control is 1.625
times as higher as that of on-off control and 1.13 times as that of P control. The average
C.O.P was calculated based on the total air-side heat transfer of the evaporator and the
total power consumption of the compressor, all over the total simulation time (50 minutes).
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During the simulations for P and PI controls, the gain Kz was 300 1/(min - °C) and the integral

action time 200 seconds and there were no low- and up-limits for the rotational speed of the
compressor.

8.3.2 Group G2: two-stage, on-off (rpm=700) and on-off (rpm=1195) control systems

Although on-off control is inefficient and inaccurate, it is still used popularly in the
field of refrigeration for small systems (less than 20 kw of refrigeration capacity), because
of its cheap initial cost. Thus a further investigation to it is not superfluous. As stated
before, the effect of on-cycle length upon the system C.O.P is still arguable for the time
being. Kruse et al [8.10] thought it would lead to a negative effect, while some others
concluded a positive effect. Such a difference was most probably owing to inadequate study of
complete refrigerating systems and lack of sufficient models.

To conduct a comparison investigation, pure experimental methods are often not appropriate,
because exactly identical operation conditions, which are considered as the comparing base
(for example, in comparing the mentioned three control systems, a basic condition is that the
controlled returning air temperature and its oscillation band have to be identical in the
three cases), are hardly realized in practice. Therefore, a validated model is very suitable
for this purpose. For a simulation model, the operation conditions can exactly be adjusted.

Fig. 8-16 gives the simulation results from our models. The simulations were made following
the same steps as in section 8.3.1. The stimulus was also 50% part-loading of the heating
power. However, the simulation time was 100 minutes instead of 50 minutes, in order to have
more on- and off-cycles. From the figure, it can be found that two-stage control is as
efficient as P control but the controlled air temperature and the room wall temperature are
oscillating. On-off control, with a lower compressor speed (700 1/min) and thus longer on-
cycle length, has a higher C.O.P than that with a higher (1195 1/min) and shorter on-cycle
length. Nevertheless, the room wall temperature shows a wider oscillation band in the case of
700 rpm, although the controlled air temperatures in both cases have the same band.

Therefore, we may conclude: 1) using two-stage control to replace P or PI controls will not
decrease system C.O.P too much but can save initial capital costs quite a lot; 2) using a big
refrigerating system for a small refrigeration requirement is always uneconomical.

8.3.3 Group G3: the effects of thermal mass on C.O.P
The thermal mass of a system is defined as the product of density p and specific heat Cp.
Normally, the thermal mass determines the time constant of the system and thus the dynamic

behaviour. In the case of a refrigerating system, the thermal mass is distributed among its
components, such as evaporator, condenser and cold room. Different refrigerating systems
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would have different thermal masses, depending on their capacity and scale. Generally
speaking, a system with large thermal mass behaves slower than one with small thermal mass
and therefore their control systems should be different to guarantee high system performance.
Nevertheless, the effects of thermal mass on C.O.P are still not clear as far as the
literature review shows (see [8.10]). Hereafter, we will give a group of simulation results
obtained from our models, which are hoped to bring out some uscful conclusions.

Fig. 8-17 gives the comparison of C.O.P between four situations corresponding to four
different thermal masses. Except the thermal mass differences, the other conditions are all
the same and the control is of an on-off type with rpm=1195 and the part-loading is 50 %. It
can be found that the average C.O.P does not show big difference in the four cases, although
the on-off frequency varies considerably.

The conclusions from this group of simulation results are 1) for a refrigerating svstem with
on-off control, its thermal mass does not play an important role, as far as C.O.P is the
concerned point. The reason is because the C.O.P contribution during each off-period by
larger thermal mass is always compensated by the slow increase of refrigeration capacity at
the beginning of each on-period (see Fig. 8-18). 2) the small negative effect (£5%) of larger
thermal mass on C.O.P is because of the exergy losses due to the temperature differences for
storing and releasing heat to and from the thermal mass.

=

O

§ off-period on-period
gl |
@

&
2
o}
o

large thermal mass
small thermal mass
Time
Fig. 8-18 Refrigeration capacity during off- and on-periods.
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As a general overview, Fig. 8-19 shows the C.O.P values for all of the cases in Table 8-2,
which are all under the same operation conditions: part-load = 50% and controlled returning
air temperature = 3.2 °C.

Average C.O.P
6

Base G1.1 G1.2 G2.1 G2.2 G3.1 G3.2 G3.3

Fig. 8-19 C.O.P distribution for all of the cases shown in Table 8-2.
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Chapter
NINE

Conclusions

9.1 About the models

9.1.1 The evaporator model

The evaporator was modelled differently in the steady-state and non-steady-state cases. The
steady-state evaporator mode is a 3-zone model. Such a lumped model is in fact not suitable
for an air-cooler evaporator which has a complicated pipe configuration. However, according
to the characteristic of the steady-state model which is mainly used as a start program for
dynamic simulations, the assumption of a lumped model for the evaporator was adopted in
chapter 4.

However, the non-steady-state evaporator model is a pure distributed one with dividing the
evaporator pipe into small elements. From the application results of this model, we found
several advantages and disadvantages of this models:

Advantages:

- The void fraction propagation equation as introduced to the dynamic modelling of a dry-
expansion evaporator can clearly depict the transient motion of the refrigerant liquid inside
evaporator coils. The two-phase flow slip-effect is included in the parameter C, that may be
treated separately by using standard computer packages, such as PHOENICS, to solve two-phase
flow problems.

- By adoption of the distributed modelling methodology, the model is very flexible for
various types of evaporator coil configurations. Meanwhile, the heat conduction through the
pipes and fins can be computed more accurately.
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- Integration of the energy balance equation in the two-phase flow region avoids
simultaneous solution of the energy balance equation and propagation equation. This treatment
to a large extent makes the model workable, which otherwise would take unacceptable
computation time.

- The heat transfer coefficient in the two-phase flow region can locally be calculated
according to the local vapour quality.

Disadvantages

- The model needs relatively long computation time. Therefore it is suggested to use
different integration time-steps for different components in order to save computational
costs. For example, in our simulations, we used 8 seconds for the cold room, 1.6 seconds for
the evaporator and 0.2 second for the condenser. The small time step for the condenser model
is not required because of the thermal mass, but because of a special situation caused by the
relatively large condenser used in the test plant. In this situation, the condensation
temperature is very close to the pipe wall temperature of the last water pass; a big time
step could result in an oscillation of the condensation temperature around the pipe wall
temperature; thus the simulation becomes unstable.

- For lack of the knowledge on the boiling heat transfer inside horizontal pipes without
forced fluid flow, the off-period model has made use of the correlations developed for
horizontal plates. Thus the deviation of the simulations from the reality is bigger in off-
periods than in on-periods.

- Frost-formation is not yet taken into account in the model

Based on the evaluation to the model, it is suggested that the complex distributed non-steady
state model be useful only for short-term simulations, such as, 1 hour (rather than days or
years). In case of long-term simulations, combination of a steady-state refrigerating machine
model with a dynamic refrigerated room model is feasible.

9.1.2 The condenser model

The condenser was modelled in the same way in both the steady-state and non-steady-state
situations. The condenser model took the form of lumped models. On the refrigerant side, two
lumped control volumes were defined, assuming that the superheated refrigerant vapour above
the liquid zone is perfectly mixed and homogeneous and that the temperature gradient from the
superheat temperature to the condensation temperature takes place only in the thermal
boundary layer. On the water side, control volumes were divided according to the water
passes. Such an element division method has an advantage that each pass can be considered
separately according to its local conditions. For example, the condensation heat transfer
coefficient outside the pipe wall was locally calculated. The simulation results showed that
the heat transfer coefficient of the first pass is much lower than that of the last pass in
the mixing vapour zone, because the temperature difference between the refrigerant and pipes
is bigger in the first pass than in the last (see Eq. (6.25)).
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The heat transfer calculation for the thermal boundary layer affects the temperature of the
mixing vapour and the condensation rate of refrigerant. For the first time, the ordinary
boundary layer theory was introduced in the modelling of shell-and-tube condensers. The
simulation results proves that this method is more realistic than that proposed by James ct
al (see [3.1]) who just simply assumed the amount of returning vapour from the boundary layer
to the mixing vapour zone, which requires a measurement to be made at the specific equipment
to be simulated.

The treatment of the liquid zone is geometrically very precise, for instance, the heat
transfer areas arc calculated on the base of the liquid level position (see Appendix 3).
However, the heat transfer coefficient is not accurately calculated, more or less because of
the lack of suitable correlations related to the situation where the refrigerant liquid flows
semi-cross and semi-parallel with the cooling water pipes.

The condenser shell was found very important during a non-steady-state process, because it
can act as a thermal "reservoir’. Thus a good consideration of it in the dynamic model is
necessary.

9.1.3 The refrigerated room model

The refrigerated room was modelled as a distributed model. With the help of the standard
computer package PHOENICS, the complicated air flow problem in a refrigerated room has been
solved, although it needs quite a lot of computation times. The assumption that the air flow
in a refrigerated room is independent of the temperature and humidity distributions and thus
of time is successful in working out dynamic simulations and saving computation costs. Based
on the steady-state flow pattern predicted by PHOENICS, the instantaneous temperature and
humidity distributions and their dynamic behaviour can be predicted by our own model.

However, there are several remaining problems which need to be pointed out. The air mass flow
rate through the products was calculated with the pressure-velocity relation with constant
friction factor which was given in the model as input. The frec convection transport between
macro-climate and micro-climate was not taken into account; however, in chapter 8 we found
that to ignore this problem was irrational. These problems should be gradually solved in
future investigations.

9.2  About the validation of the models

9.2.1 The steady-state validation



The steady-state model was validated with 6 series of experimental data. Generally speaking,
the simulation results were in pretty good agreement with the experimental ones. However,
some discrepancy was also observed:

- The predicted compressor shaft power is £10% different from the measured. There could be
two reasons for it: a) the fitted performance curve for the compressor based on the 10 tests
might be not accurate enough; b) the assumption, that the adiabatic shaft power efficiency is
only dependent on pressure ratio (see Appendix 1), is not very true.

- The predicted subcooling temperature is higher than the measured by +2 °C. This deviation
is most likely because of the low refrigerant side heat transfer coefficient in the model.

- The predicted refrigeration capacity of the evaporator is sometimes different from the
heat load of the cold room. The reason is that the heat balance between the evaporator and
the cold room is represented by checking the temperature difference (0.1 °C check accuracy,
see chapter 4) in the model. Although 0.1 °C is quite small for temperature, its effect on
heat balance is still considerable. Therefore, it is suggested to use an even smaller
temperature difference to check the convergence.

- The predicted heat load for the cold room is higher than the power input (measured) of
the heating in the room, specially when the air temperature is very low. The reason for this
is that the heat leakage through the room walls is not taken into account in the experiments.
However, the total heat load of the cold room is the summation of the heating power and the
heat leakage through the walls; under very low inside temperatures, the latter is quite
considerable.

- The TEV model was developed by somebody else (see Appendix 2) and is principally in
agreement with the experiments. However, to determine the screw position, an input parameter
for the model, a pre-calculation using experimental results is necessary.

9.2.2 The dynamic validation

The non-steady-state model was validated with 5 groups of measurement results which included
an experiment with the compressor turned on and off. The following conclusions have been
deduced from the validation:

- after a step increase of the compressor RPM, the mass flow rate of refrigerant inside the
evaporator coil is already beyond the validation range of correlation (6.4), so that the
predicted heat transfer coefficient is bigger and accordingly the evaporation temperature is
higher.
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- the compressor is considered as an instantaneous element in the model, that means it has
no heat capacity. However, in practice the compressor is built up with quite a lot of
metal which can store heat. Its transient behaviour would make the refrigerant temperature at
discharge react slowly, when the RPM is suddenly increased.

- the effective thermal masses of the evaporator, such as, those of the coils and fins, are
smaller in the model than in reality. Thus the response of the air to the step change of RPM
1s too fast.

- the simulation of on-off operations is the most difficult, because the variations of the
thermodynamic state of the system are very sharp. Such steeply changing behaviour of the
systern necessitates a very careful consideration of the integration time step of simulation.
Not only is the implementation of the model difficult, but also the realisation of the
experiment is not so easy, because, during the very short time of turn-on, some devices
operate abnormally. For instance, the safety valve produces quite larger pressure drop after
a turn-on than it works under steady-state conditions. Another uncertainty is the solenoid-
valve between the condenser and TEV, which propably does not open instantanuously after a
sudden turn-on. However, the dynamic behaviour of these auxiliary devices are not taken into
account in the model. Therefore, the discrepancy of the simulation from the test is not easy
to explain. Nonetheless, one phenomenon is still explained, that is, the C.O.P difference
between the simulation and test at the beginning of the on-period. As the evaporator thermal
mass is too small in the model, the refrigerant temperature decrease at the beginning of the
on-period is immediately transferred to the air side, so that the air temperature also drops
down and the air side C.O.P is higher, according to the model. But in practice the
refrigerant temperature decrease cannot be felt by the air so quickly due to the large
thermal mass of the evaporator. Thus the experimental C.O.P is lower than the simulated one.
The effect of a small thermal mass of the evaporator can also be seen at the beginning of the
off-period. Because of the quick response of the air to the refrigerant side change, the
refrigeration capacity at the beginning of the off-period is smaller than that of the test.
However, the smaller refrigeration capacity at the beginning of the off-period is compensated
by the larger one of the on-period. Therefore, the average C.O.P over a long time, during
which many on-off cycles take place, might not differ in the simulation and test.

9.2.3 The validation of the air flow model (PHOENICS)
To validate the air flow model (PHOENICS), experiments were carried out in an empty room.
The 2-dimensional measurements were made with a hot-wire anemometer. The following

conclusions were obtained:

- the main flow pattern shows an agreement between the simulation and measurement.
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- the dimensions and positions of the air cooler, heating and obstacle can not be
exactly identical in the model and in the reality. This is because the definition of an
object in PHOENICS is on the basis of grids. An exact fitting to the reality is in fact
impossible.

the turbulence model (k-e model) adopted by PHOENICS is not 100% reliable.

- there may be a lot of small eddies in the air flow, which might influence the
measurement. Because the hot wire is very small, sometimes even smaller than the eddies
themselves, it could be located somewhere inside the eddies and then give the very local
velocities instead of the main stream velocities.

9.3 About the applications of the models

9.3.1 Using PHOENICS to study the air distributions in cold stores

Convergence

Tosolve the Navier-Stokes equations, many iteration processes are employed inside PHOENICS.
Accordingly, as a user, we have to be sure about the convergence if we apply PHOENICS to
solve a concrete problem. In fact, to check the convergence is one of the most difficult
problems encountered by users. What we have done during using PHOENICS to study the air
distributions in cold stores is to follow two criteria:

- at least 600 sweeps of overall iteration have to be computed with a linear relaxation
factor for pressure of 0.5 and a false time step for the other variables, calculated as
follows

false time step = 10 x smallest cell dimension / maximum velocity

- the contour shapes and ranges of the pressure, k and & values should not change
anymore when a convergent solution is reached.

- to check the mass balance over the whole domain.
Grid independence
The grid independence of a PHOENICS solution is another critical point. To be sure that the

solutions are independent of the grid fineness, we have done a series of 2-D test
computations. And two criteria were adopted:
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- to compare the positions of the eddy centre appearing in the flow

- to calculate YJr values for the wall cells (see chapter 5)

It was found that the effect of grid fineness on the position of the eddy-centre was not

+ . .
obvious, but the Y values were too big if the grid cells were too coarse near the walls.
According our experience, a grid division 25x25 with power-law grids near the walls is
satisfactory for a 2-d cold store with 3.35x2.87(m).

General conclusions

- PHOENICS can successfully predict the main flow patterns in case of refrigerated
rooms, but cannot deliver exact velocity values everywhere in a flow domain. Therefore, 1o
achieve a numerical agreement between simulation and experiment seem to be impossible. It
also has to be pointed out that a good application of PHOENICS to a refrigerated room
requires the air cooler to be experimentally studied in details, with the emphasis on its
turbulence intensity and velocity distribution.

- Accomplishing a PHOENICS job is a trial-and-error process. There are no universal
rules to determine the convergence and grid-independence of a solution. One should patiently
check the in-between solutions with respect to different iteration sweeps and different
grids, to find out whether or not the iteration process and grid-fineness are satisfactory.

- The computation time of PHOENICS is rather long. For an isothermal air flow with grid
15x23x36, it takes £35 hours of CPU to compute 300 sweeps of overall iteration on a SUN 3/60.

9.3.2 The effects of capacity control systems on the system performance

The conclusions obtained from the computer simulations related to different control systems
are given in the following table where "1" denotes the best and "5" the worst.

control systems C.O.P control accuracy

on-off control with longer on-cycle 4 5
on-off control with shorter on-cycle 5 3
two-stage control 2 4
P control 3 2
PI control 1 1




9.3.3 The effect of thermal mass on the C.O.P with on-off control

For a refrigerating system with on-off control, its thermal mass does not play an important
role, as far as C.O.P is the concerned point. The reason is because the C.O.P contribution
during each off-period by larger thermal mass is always compensated by the slow increase of
refrigeration capacity at the beginning of each on-period. The small negative effect (+5%) of
larger thermal mass on C.O.P is because of the exergy losses due to the temperature
differences for storing and releasing heat to and from the thermal mass.

9.4 Recommendations for further investigations

9.4.1 Long-term simulations accounting for weather and climate changes

As described in the first chapter, the coupling between a refrigerated machine and a
refrigerated room can be divided into two categories, depending on which side is emphasized.
If the refrigerating machine is the aimed point, then the coupling is called "quick coupling”
or "short-term coupling”. If the refrigerated room is the aimed point, then the coupling is
called "slow-coupling" or "long-term coupling”. The corresponding computer simulations are
also named with the same terminology. What we have done in chapter 8 belongs to the first
category of simulations, where the transient behaviour of the refrigerating machine was
simulated with the consideration of capacity control systems and the simulation times were
short (about one hour).

However, sometimes people are interested in a long-term simulation from which the energy
consumption for refrigerating a cold store and the change of storing conditions are predicted
over a period of one month or one year. In this case, not only the stored products play a
role, but also the outside weather conditions are important. Because the simulation time
becomes longer, the integration time step should be larger respectively, in order to save the
computational time. For a short-term simulation, the integration time step can be one tenth
of second; however it should be several minutes or even hours in the case of a long-term-
simulation. Therefore the combination between the refrigerating machine and refrigerated room
has to be different. As shown in Fig. 1-3, compared to the room, the thermal mass of the
machine is small enough to be neglected, when the transient behaviour of the room is
concerned. In other words, the machine instantaneously follows the room in view of a long-
term observation. This means that a combination of a dynamic room model with a steady-state
machine model is feasible for long-term simulations.

9.4.2 Modification of the lumped steady-state evaporator model into a distributed one

The lumped steady-state evaporator model is suitable to be used as a start program to roughly
predict initial conditions for dynamic simulations. But if it is applied for the purpose
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proposed in 9.4.1, there are many limitations rooted in the model. One of the most obvious is
that the lumped 3-zone model cannot deal with the variation of pipe configurations of air
coolers. 1t may apply to counter-flow type or "E-flow" type of air coolers. However, in
industry and commerce, often encountered are a lot of types of air coolers which do not
belong to a pure counter-flow or "E-flow" but something in combination. In such situations, a
distributed model like the dynamic one developed in chapter 2 is much better, due to its
flexibility.

Not only can a distributed evaporator model be used for long-term simulations, but it is
useful for the optimization design of air coolers as well.

9.4.3 Extensive applications of the refrigerated room model

Extensive applications of the refrigerated room model could be another proposal for a further
investigation. Simulation results could be used in the design, construction and use of
various types of refrigerated warehouses, cabinets, containers and so on. For steady-state
simulations, natural convection, for instance, referred to open-door cases, may be taken into
account in using PHOENICS. For non-rectangular spaces, the so-called "body-fitted coordinate”
may have to be used in PHOENICS.

9.4.4 Simulations using substitute fluids for CFCs

The working medium we used in the simulations untilnow is R12. However, with the development
of new substitute fluids for CFCs, problems, such as energy penalty, re-dimensioning of
refrigeration equipment, new heat and mass transfer correlations, are arising and need to be
solved. Mathematical models could be one of the useful tools for the solutions. Off course,
the computerization of thermodynamic property calculations of new working mediums is
necessary to implement the computer models of refrigerating machines.
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Appendix
ONE
The Compressor Model

Discharge valve

T‘;‘i Piston Pdis

Suction vaive / N

Cylinder

Connection rod

Crankcase

Crank Psuc
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b -

Discharge

Compression

Suction

Fig. Al-1 The structure and thermodynamic processes of a reciprocating compressor.

As the compressor model is simple and derived from experiments and the TEV modelis developed

by somebody elsc, they were not introduced in the main text, except for the coupling of them
with the models of the other components. Hereafter we will briefly describe these two models,
in order that people can casily realise their own simulations.

The compressor functions as an energy transmitter which transforms the mechanical cnergy
supplied by the electrical motor into the pressure (or internal) energy of refrigerant.
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Through the compression process, the pressure of the superheated vapour from the evaporator
can be enhanced to a high level at which condensation can happen at ambient temperature. Fig.
Al-1 illustrates the structure of a reciprocating compressor which consists of cylinder,
piston, crank-shaft, connection rod, suction and discharge valves. The thermodynamic
processes taking place during one shaft rotation are also shown in Fig. AI-1.

Modelling of reciprocating compressors can be divided into two categories. One is for the
purpose of studying compressors themselves, for instance, the motion of automatic valves,
pressure pulsations, etc. This type of models should be dynamic models. A detailed
description of them can be found in [A1.1]. Another category is for the purpose of simulating
a complete refrigerating system in which the compressor is considered to act very fast
compared to the other components and therefore a steady-state model of compressor is
required.

Besides the common thermodynamic processes occurring in reciprocating compressors as shown
in Fig. Al-1, different compressors could have their own characteristics of performance.
Thus, a universal model valid for every compressor does not exist. Experiments are always
necessary to determine those characteristics. Or sometimes people directly make use of
catalogue data from manufacturers instead of doing experiments, due to possible incapacity or
simplicity. In our case, we have conducted a set of steady-state experiments. Below is the
description of the model.

Applying the energy conservation law to the compressor, we may have

m -h Y=W  -(eA) [05T +T )-T ] (Al-1)
comp  dis  suc comp comp dis  suc amb
where
. n 2
= N -~ L Al1-2
mcomp nvoI cyld eyl eyl n ( )
P C k P is (k-1)/k
- su dis (k-
= — -1 A1-3
comp 1’]ad mcomp p k-1 [(P ) J ( )
suc suc

In the equations above, three coefficients are unknown : the volumetric coefficient n L
Vo
and the adiabatic shaft power coefficient n 40 the heat transfer coefficient times the area
a

(onA)C . They all need to be determined through experiments. To be simple, we assume these
om,
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coefficients are the functions of pressure ratio Pdis/Psuc . Fig. A1-2 shows the experimental
results and the fitted curves which are expressed in formulas as follows.

n = 1.11353 - 0.10954 (Pdis / Psuc ) + 6.52202E-3 (Pdis / Psuc )2 (A1-4)

vo
n i 0.86602 - 4.81721E-2 (Pdis / Psuc ) + 3.42274E-3 (Pdis / Psuc )2 (A1-5)
a

(aA)mmp = 1.06648E-2 + 3. 71455E-4 (Pdis / Psuc ) (A1-6)
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Fig. Al-2
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Appendix
TWO

The TEV Model

Ve T T A l‘v /ph_lTE)_,—

C2 x (h+y)
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Fig. A2-1 Schematic diagram (left side) and force balance (right side) of the

thermostatic expansion valve.

1. feeler bulb h
2. capillary tubc y
3. diaphragm Cl1
4. plate and pushrod C2
5. spring (on valve body) C3
6. adjusting screw AP
7. orificc (valve opening)

8. needle

9.  spring (orificc)

needle displacement

position of the adjusting screw
spring constant of the diaphragm
spring constant (on valve body)
spring constant (orifice)
pressure difference across the
diaphragm

The thermostatic expansion valve (TEV) has two-fold functions: 1) to make the refrigerant
decrease its pressure and temperature; 2) to control the amount of refrigerant flowing into
the evaporator in order to keep the superheat at the outlet of the evaporator constant. Fig.
A2-1is a schematic diagram of the TEV which consists of two sections:

A5



- the valve section with a needle valve and an integrated controller which is proportional.
- the sensor section which detects the refrigerant outlet temperature of the evaporator.

The feeler bulb is filled with a special liquid and its vapour in equilibrium. When the
temperature of the bulb increases, the equilibrium pressure Pb rises too. This pressure is
transmitted to the space above the diaphragm by the capillary tube. On the other side of the
diaphragm, the evaporator pressure Pe exists, which is usually the outlet pressure of the
evaporator in order to avoid the influence of pressure drop. The pressure difference AP(=Pb-
Pe) actuate the movement of the needle and thus the opening of the valve. The moving
behaviour of the needle can be adjusted by the adjusting screw. The force balance on the
valve needle is illustrated in Fig. A2-1.

The mathematical model of the TEV has been well developed and validated by van der Meer
[A2.1]. He has obtained two models for two types of thermostatic expansion valves ( Danfoss
TEF2 and TEFS). Below is a brief description of the second (TEFS5).

According to the force balance shown in Fig. A2-1 and the experimentally determined C1, C2,
C3, the displacement of the needle can be calculated as follows

0.63*AP + 0.065*%(-4.34-y) + 0.32
h=< 049+ (h-049)/2 (h 2 0.49) (A2.1)
0.6 (h =z 0.6)
where AP =Pb- Pe
Pb=4.2 +Tb (0.097 + Tb 9.0E-4) (A2.2)

On the basis of the calculated displacement of the needle, the mass flow rate through the TEV
is calculated as follows

m =125m h/0.6 [ 1.0 +0.028%ATsub) (A2.3)
A% max

te
where m = 145E-3 {p (Pc - Pe)/[ 1.0+ 2.2(Pc - Pe)/Pc] > (A2.4)

If Pc - Pe is greater than the critical pressure difference (= [1.0-(1.0/3.0)]Pc), then it is
substituted by the latter.
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Appendix

THREE

Calculation of the Heat Transfer
Areas in the Condenser

In chapters 3 and 4, we did not go further with the calculation of various heat transfer
areas encountered in the basic equations in order to keep the context clear. Hereafter we
will concentrate on this problem which is nothing but some geometrical manipulations

Hiube

liquid refrigerant

Fig. A3-1 Cross-sectional geometry of the shell and tube condenser.
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Problem setting

Well known conditions:

1. Mliq mass content of the refrigerant liquid deposited in the condenser

2. Tsub subcooling temperature

3. various geometrical dimensions (see Fig. A3-1)

T v

1. Hliq liquid level
wbe,l heat transfer area between one tube and the liquid refrigerant
ube,v heat transfer area between one tube and the vapour refrigerant
rube,w heat transfer area between one tube and the cooling water
r shi heat transfer area between the liquid refrigerant and the shell

6. Ar.shz heat transfer area between the vapour refrigerant and the shell

Solutions:

If the mass and temperature of the refrigerant liquid are known, the volume of it can be
easily calculated. Because the condenser length is fixed, the cross-sectional area (the dark
part in Fig. A3-1) of the liquid volume is then as follows

=M /(L p ) (A3.1)

cross,liq_ lig cond ~ sub

It is obvious that if the arc angle B is known then the liquid level Hl, can be directly
iq

determined by the following formula

H =05d [1-cos(B)] (A3.2)
lig sh

With this level, it is possible to calculate the cross-sectional area of the tube submerged
in the refrigerant liquid, as follows

= [ a/180 - sin(c) cos(0) ] Df /4 (A3.3)

tube,cross ube
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where a=arccos [1-2(H -H )/D 1
tube  lig"  tube

With this cross-sectional area, the cross-sectional area of the refrigerant liquid can be
calculated again in another way:

= (7 B/180 - sin(B) cos(P) ] Dih/4 A (A3.4)

cross.liq tube,cross

The comparison between Eqs. (A3.1) and (A3.4) leads to a correct B value by means of
iteration.

Now the heat transfer areas listed above can be easily calculated.

0 (above the liquid level)
= iaui 3.5
ij}e,] s Dmbe Lc(md /180 (on the liquid level) (A35)
1 iquid level
L wube Ccond (below the liquid level)
(=D L (above the liquid level)
tube cond
= - iqui A3.
Ambe'v id DzubeLcond(l o/180) (on the liquid level) (A3.0)
0 (below the liquid level)
=nd L (A3
tube,w tube cond

L  B/180 (A3.8)

=T
r.shi sh  cond

= - ¢
Ar,shz ndSthnd(l B/180) (A3.9)
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